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Foreword 


Beginning with the 1939 edition of Principles of Naval Architecture t the Society of Naval 
Architects and Marine Engineers has maintained a program of publishing significant treatises on 
the subjects of naval architecture, marine engineering, and shipbuilding. Three companion texts are 
dedicated to these subjects, namely, Principles of Naval Architecture , Marine Engineering , and 
Ship Design and Construction. As the base of technology has evolved with the passage of time, 
each of these texts has been periodically revised and updated* Marine Engineering was originally 
published in two volumes in 1942 and 1944, and was subsequently revised in 1971. 

In accordance with Society policy, a Control Committee was formed to establish the overall 
guidelines and direction for this text The members of the Control Committee were: 


William G. Bullock 
Allen Chin 
Steven H. Cohen 
Allen E. Grout 
John M. Dab bar 
Jose Femenia, Jr. 
Robert M* Freeman 
Richard Frey 
Paul R* Geiger 
John P. Hackett 
Joseph D. Hamilton 


John C. Maxham 
Perry W. Nelson 
Michael G. Parsons 
Michael Petz 
Alan L* Rowen 
John K. Stuart 
Joseph Tiratto 
John S, Tucker 
William Watson 
John A. Youngquist 


Several factors make this edition particularly noteworthy. The technical editor, Roy L* Harrington, 
is the same very qualified marine engineer who, more than 20 years ago, edited the 1971 revision. 
Two chapter authors, Everett A. Gatlin and Chester L. Long, authored corresponding chapters in 
the earlier edition* The Society's T&R Program, through the Ship's Machinery Committee, played 
a major role in the development of the book and in the chapter reviews. And, finally, less than four 
years elapsed from the formation of the Control Committee until publication, which was completed 
as the Society began its Centennial Celebration. The completion of this work within the original 
time schedule is a remarkable achievement to the credit of the authors and the leadership and 
persistence of the technical editor. 


Thomas P. Mackey 
Chairman , Marine Engineering Control Committee 



Preface 



More than twenty years have passed since the previous edition of Marine Engineering was 
published. During that period, many changes have occurred in the body of technology that is 
collectively known as “marine engineering/' Most of the changes have been of an evolutionary 
nature; as examples, diesels have continued to supplant steam turbines for most ship propulsion 
applications in the commercial arena, and gas turbines have become more firmly established as 
propulsion engines, particularly for warships of the frigate class. 

Because of the evolutionary nature of the technology changes, the coverage of some subjects has 
been reduced in comparison with that in the previous edition (e.g., Boilers and Combustion), but the 
coverage of other subjects has been expanded substantially. Noise Control, for example, has been 
given a more thorough treatment; Chapter 13 is dedicated to that subject. In addition, the introduc- 
tory chapter has been broadened to include several topics, such as Design for Production, that have 
been given an increased emphasis since publication of the previous edition. 

The purpose of this second revision remains the same as that for earlier editions, that is, to provide 
a basic understanding of marine engineering principles to persons who are nominally second-year 
engineering students. 

During the process of allocating the various topics to the most appropriate chapters for coverage, 
the introductory chapter became the repository for subjects which, for a variety of reasons, could 
not suitably be published as stand-alone chapters. Notwithstanding the diverse subjects covered, 
however, the chapter has been shaped into a remarkably coherent theme. 

The selection of the units of measure to be used in the text was the result of much deliberation. 
The advocates of both English and SI units held strong positions; therefore, the chapter authors 
were permitted to select the units used in each respective chapter, with SI units recommended where 
there was no strong preference. The use of dual units was considered; however, to avoid numerous 
duplications throughout the text and to improve the clarity of the material presented, the use of 
only one type of units, along with a conversion table at the end of the text, was considered preferable. 

To ensure that the text was factual and accurately represented the consensus of the marine 
industry, each chapter was subjected to a series of reviews. The manuscripts prepared by the 
authors were generally reviewed within their respective organizations and then were reviewed by 
the technical editor, the Control Committee for the preparation of the text, and selected members 
of the marine industry who were recognized authorities in each particular discipline. The Society is 
deeply indebted to this last group, as they often transformed good manuscripts into excellent 
manuscripts. 

Several members of the Control Committee made outstanding contributions to the development 
of the book. The assistance provided by Perry W. Nelson, Professor Alan L. Rowen, John Young- 
quist, and Richard A. Frey (and Michael Petz, who succeeded him as deputy director of the NA VSEA 
Machinery Group) was of particular value. John 5. Tucker not only served as an active member of 
the Control Committee, but he and his colleagues at NASSCO also insisted upon completing the 
Electrical Systems chapter for Walter Schmid, the principal author, who became terminally ill. 

With few exceptions it would be improper to suggest that the chapters were prepared by only 
the authors indicated. In several cases, the contributions of those who assisted were as large as 
that of the author. Professor Alan Rowen is particularly appreciative of the figures in Chapter 3 
that were provided by Seaworthy Systems, Inc.; ASEA Brown-Bo veri, Ltd.; Colt Industries, Fair- 
banks Morse Engine Division; Krupp Mak Maschinenbau GmbH; MAN-B&W Diesel A/S; and New 
Sulzer Diesel, Ltd. Thomas Mackey notes that Ivar Krogstad, Samuel E. Bevins, and Doug Brooke 
made extraordinary contributions in the preparation of Chapter 18. Henry J. Cassee acknowledges 
the contributions made by Edward Marino, Harold McAllister, Douglas Whittaker, and Scott Jackson 
in preparing the figures for Chapter 20. 

An accurate listing of all who assisted in the preparation of this text would include many names. 
Hundreds of people made direct contributions by assisting with the preparation of manuscripts, 
supplying reference material, reviewing manuscripts, and providing illustrations; and hundreds 
more made indirect contributions. For fear of omissions, no attempt has been made to enumerate 
all who contributed. This text is, indeed, the result of an industry effort. 


Roy L. Harrington 
Technical Editor 
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CHAPTER I 


J. A. Palmer 


Basic Concepts 


Section 1 
Introduction 


1.1 Historical Perspective. In or about 1712, Thomas 
Newcomen, an enterprising blacksmith from Dartmoor, 
England, successfully developed a rudimentary steam en- 
gine for pumping water out of mines. This engine con- 
sisted essentially of a single-acting piston working in a 
vertical open-topped cylinder. The piston was packed with 
hemp since the state of the metal-working art was very 
primitive, and a tolerance of about one-sixteenth inch out 
of round or “the thickness of a thin sixpence” was about 
the best that could be expected. The piston was connected 
to one end of a rocker arm by a chain without a piston rod 
or guide. The differential working pressure was derived 
primarily from the vacuum that was created below the 
piston by water spray into the steam space at the end of 
the upstroke. The steam and water valves were worked 
by hand. Some 60 years later, radical improvements were 
made by James Watt, whose name is more frequently 
associated with the early development of the steam en- 
gine. In the course of time, numerous other improvements 
followed, of which the most important was probably the 
double-acting inverted vertical engine, which proved to 
have so many advantages that it continues to have applica- 
tions, 

Accounts of the work of men such as Newcomen, Watt, 
and others in connection with the invention and develop- 
ment of steam engines are truly exciting [1,2,3]. 1 Despite 
the earlier development of steam engines, their applica- 
tion to the propulsion of ships was not seriously under- 
taken until about 1784. Attempts to adapt steam engines 
to ship propulsion were carried out almost simultaneously 
in America, Scotland, and France. At least seven reason- 
ably practical steamboats were developed by 1807. In that 
year Robert Fulton inaugurated the first commercially 
successful use of steam marine propulsion in the small, 
paddle-wheel vessel Clermont [1]. The wooden-hulled 
Clermont operated up the Hudson River from New York 
to Albany, a distance of 150 miles, in about 32 hours. 

Although paddle-wheel vessels were promptly adopted 
for river service, twelve years elapsed after the launching 
of the Clermont before the steamer Savannah made the 
firstocean voyage from America to Europe. Notable, how- 
ever, is that even in this instance the machinery was not 


'Numbers in brackets refer to references at the end of the text. 


operated continuously during the outbound leg of the trip 
and the inbound leg was made under sail. 

The introduction of the screw propeller in 1837 was a 
revolutionary development, but this development also did 
not immediately lead to the demise of sails or paddle 
wheels. As late as 1860 the speed of the best clippers still 
exceeded that of any steamship, and the greater part of 
the work at sea continued to he accomplished under sail. 
The Great Eastern was an exception. It was an iron- 
hulled vessel, almost 700 ft long and of 22,000 tons bur- 
den, with both a screw propeller at the stern and two side 
paddle wheels, as well as sails arrayed on six masts. The 
sails, however, were little used. 

By 1893, when the Society of Naval Architects and Ma- 
rine Engineers was founded, a screw propeller, driven by 
a triple-expansion reciprocating steam engine, had be- 
come the predominant means of propulsion for seagoing 
ships. Paddle wheels were still used on river and excursion 
steamers. Steam was almost universally produced by 
Scotch (fire-tube) boilers, and coal was the common fuel. 
The steam turbine and diesel engine were yet to debut 

The decade from 1893 to 1903 was a period rich in ma- 
rine engineering development. The early reciprocating 
steam engine reached the point of development of the six- 
cylinder quadruple-expansion engines of 10,000 indicated 
horsepower supplied with steam at 200 psi by Scotch boil- 
ers, The use of electric power generated by steam engine 
driven “dynamos” at 100 to 112 volts was increasing rap- 
idly, Watertube boilers, which would eventually replace 
the Scotch boiler on the seas, had become established in 
England, France, and the United States. 

By the end of the 19th century, ship's propulsion plants 
had become sufficiently reliable to assure the delivery of 
cargo to any port in the world, but often at great cost to 
their crews. Mechanical ventilation had not been devel- 
oped, and those who shoveled coal commonly developed 
black lung. Steam leaks were chronic, and in wanner cli- 
mates the risk of heat exhaustion was accepted by those 
who worked in machinery spaces. Large, exposed recipro- 
cating mechanisms endangered the life and limb of care- 
less crew members; and, in time, members of the machin- 
ery space crew became progressively deaf because of the 
exposure to excessive noise. 


1 
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MARINE ENGINEERING 


The development by Sir Charles A, Parsons of the first 
successful application of the steam turbine to marine pro- 
pulsion was another important milestone in marine engi- 
neering. This was accomplished aboard the Turbinia, a 
small vessel about the size of a torpedo boat The rotative 
speed of the Turbinia's three series turbines was about 
2000 rpm, and they were coupled directly to relatively 
primitive screw propellers in a triple-shaft arrangement. 
Parsons had been dismayed on his earliest trials to dis- 
cover that his first propellers 1 'bored a hole in the water/' 
developing disappointingly low driving thrust a phenome- 
non now recognized as cavitation. After further develop- 
mental work, however, this new prime mover was success- 
fully adapted to the requirements of marine propulsion. 

In what must certainly be considered one of the earliest 
efforts at model tank testing of propellers, Parsons inves- 
tigated the subject of cavitation and succeeded in rede- 
signing his propellers. Three per shaft were ultimately 
employed and in 1897, at a naval review of the British 
fleet at Spithead, England, the Turbinia astounded the 
British admirals by steaming past smoothly at a speed of 
34 knots, belching smoke like an angry bull tossing dust. 
Lord Kelvin described this development as “the greatest 
advance made in steam engine practice since the time of 
James Watt” [4]. 

Before 1893, there were a number of attempts to de- 
velop internal-combustion engines that involved fuels 
ranging from gunpowder to gas. One of these was of a 
radically different type, in which the combustion air 
charge was compressed to a pressure and temperature 
above the ignition point of the fuel. This engine was pat- 
ented in 1892 by Dr. Rudolf Diesel, a German engineer. 
Serious difficulties had to be overcome with the diesel 
engine, and development proceeded slowly. Not until fif- 
teen to sixteen years later was a successful commercial 
diesel engine of 25 hp produced. Once this had been 
achieved, however, progress became rapid. In a few years 
many firms in Continental Europe were actively building 
diesel engines with as much as 500 hp per cylinder, and 
experimental engines developing 2000 hp per cylinder 
were under test. 

The challenge to the coal-fired, low-pressure reciprocat- 
ing steam engine came from the steam turbine and the 
diesel engine at about the same time, at the turn of the 
century. World War I caused a greater emphasis to be 
placed on marine engineering developments for military 
applications, while in the merchant marine arena the mass 
production of proven designs was emphasized. However, 
advances in the design of steam turbines and diesel en- 
gines were made. These developments continued after 
the war, and were spurred on by the constraints of the 
Washington Treaty, by the rapid development of diesels 
for railroad use and for submarine propulsion, and by the 
realization that there would be a growing requirement for 
merchant ships of standard design. The advantages of 
oil, as fuel, became increasingly apparent. The use of oil 
reduced crew requirements and made fuel storage and 


handling an easier task. During the same period, the supe- 
rior economy and performance of steam turbines and die- 
sel engines, when compared with reciprocating steam en- 
gines, became recognized. These trends in ship propulsion 
continued during World War II, and by the end of the 
war new applications of reciprocating steam engines for 
propulsion applications were rare. 

The next major development in marine engineering his- 
tory began a few years after World War II. Under the 
direction of Admiral Hyman G. Rickover, the submarine 
Nautilus, the world’s first nuclear-powered ship, put to 
sea on January 17, 1955 and transmitted the historic mes- 
sage “underway on nuclear power/ 1 Nuclear propulsion 
enabled the Nautilus to establish many records, including 
distance, speed, time traveled submerged, and passage 
under the geographic North Pole, which she achieved in 
1958. The Nautilus's pressurized-water reactor devel- 
oped about 15,000 hp and was highly successful. 

Nuclear propulsion revolutionized the design of subma- 
rines by allowing them to remain underwater for extended 
periods of time. For surface ships, however, nuclear pro- 
pulsion has received mixed reviews. The U.S, Navy has 
successfully used nuclear propulsion for aircraft carriers, 
starting with the Enterprise in 1962. Nuclear propulsion 
provides aircraft carriers with an unlimited range and 
the ability to carry more aviation fuel and weapons than 
conventionally powered carriers. Nuclear propulsion has 
also been used for cruisers; however, when compared with 
gas-turbine propulsion, the advantages provided — with an 
increased range being the most significant — are not offset 
by the higher acquisition cost 

Exploratory applications of nuclear propulsion for com- 
mercial ships by the United States in 1959 (Savannah), 
Germany in 1968 (Otto Hahn), and Japan in 1974 (Mutsu) 
failed to establish commercial opportunities for nuclear 
propulsion. Nuclear propulsion was, however, proven to 
be advantageous by the Russian icebreaker Lenin in I960, 
and other nuclear-powered icebreakers have subse- 
quently been built. 

The historical developments noted in the foregoing, as 
well as many others, were magnificent concepts and 
achievements, especially when viewed against the tech- 
nologies and materials available at the time. No effort has 
been made here to include the full roster of great names 
and pioneering events in marine engineering. However, 
additional material concerning the early days in marine 
engineering, which conveys an indication of the ingenuity 
of the early practitioners, can be found in references 
1-5. 

1.2 Marin# Engineering Defined. The concept that 
motivated the majority of the early advances in marine 
engineering was quite simple, namely, to develop a system 
to overcome the vagaries of the wind and the inadequacy 
of muscle power in the propulsion of ships. In the early 
history of marine engineering, the concepts formed and 
the decisions made, although frequently ingenious, were 
of sufficiently narrow scope that a single individual could 
become intimately familiar with all facets of the undertak- 
ing. The success of the early developments depended to a 
large extent upon intuitive perception and upon chance. 


BASIC CONCEPTS 
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However, the accumulation of advances that have been 
made subsequently have caused the field of marine engi- 
neering to become highly sophisticated. 

From a fu nctional point of view, a ship is a most complex 
vehicle which must be reliably self-sustaining in its ele- 
ment for extended periods of time. A ship is perhaps the 
most multipurpose of vehicles, having more built-in func- 
tions than does any other vehicle type. As a part of a 
transportation or military system, the ship contains a 
greater variety of components than any other vehicle. 

The design of a ship’s mechanical, electrical, and struc- 
tural systems is further complicated by the fact that they 
must be compatible with the marine environment. Ship- 
board design constraints include space and weight limita- 
tions, which can be particularly severe in the case of 
weight- and space-sensitive vessels such as submarines, 
and high-impact shock, which is a major design consider- 
ation for naval combatants. In addition, other constraints 
imposed by the marine environment range from hostile 
pitch and roll conditions resulting from violent seas, to 
the corrosive nature of seawater and its atmosphere. A 
comprehensive description of the marine environment, as 
it influences the design of shipboard systems, is included 
in reference 6. 

Marine engineering is, therefore, not as simply catego- 
rized as, for example, civil, mechanical, electrical, or chem- 
ical engineering. It is an integrated engineering effort 
comprising parts of many engineering disciplines directed 
to the development and design of systems of transport, 
warfare, exploration, and natural resource extraction that 
have only one thing in common, namely, that they operate 
in, or upon the surface of, a body of water. 

The division of responsibilities between naval architects 
and marine engineers is seldom sharp, and it differs from 
one activity to another. In any event, each needs some 
familiarity with the disciplines typically used by the other. 
Marine engineers are, in general, principally responsible 
for the engineering systems, including the main propul- 
sion plant, the powering and mechanical aspects of ship 
functions such as steering, anchoring, cargo handling, 
weapon systems, heating, ventilation, air conditioning, 
electrical power generation and distribution, and interior 
and exterior communications. 

Naval architects are, in general, primarily concerned 
with the hydrodynamic and hull form characteristics of 
the ship, the structural design of the hull, the maneuver^ 
ability characteristics of the vehicle, and its ability to sur- 
vive and endure in the marine environment. Naval archi- 
tects, assisted in appropriate areas by marine engineers, 
are responsible for the overall exterior and interior ar- 
rangement of the ship. In addition, naval architects gener- 
ally are charged with the responsibility for the overall 
aesthetics of the design, including the interior decorations 
and the pleasing quality of the architecture. 

Some aspects of the design of marine vehicles are diffi- 
cult to assign as the exclusive province of a naval architect 
or a marine engineer. The design of propellers or propuls- 
ors is one of these, being in the minds of some a hydrody- 
namic device in the domain of a naval architect, and in the 
minds of others an energy conversion device, similar to 


pumps, and thus in the domain of a marine engineer. Hull 
vibration, excited by the propeller or by the main propul- 
sion plant, is another such area. The development of the 
most effective means of achieving a desired ship's speed 
also requires trade-offs between naval architects and ma- 
rine engineers, with due regard for the vessel’s intended 
use. Noise reduction, shock hardening, and the dynamic 
response of structures or machinery in general are usu- 
ally the joint responsibility of both a naval architect and 
a marine engineer. Cargo handling, cargo pumping sys- 
tems, environmental control, habitability > hotel services, 
and numerous other such aspects of ship design involve 
joint responsibilities and require close interaction between 
naval architects and marine engineers. 

The traditional distinctions between naval architecture 
and marine engineering have been replaced by broader 
concepts of systems engineering and analysis. The multi- 
disciplined nature of marine engineering and naval archi- 
tecture has caused their definitions to evolve continuously 
and to assume new dimensions. 

1.3 Marin# Vehicle Applications and Limitations. The 
ranges of feasible characteristics for marine vehicles de- 
pend upon their intended use. Some of the characteristics 
are based upon economic comparisons with alternative 
modes of transportation, whereas others are derived from 
the laws of physics. Marine vehicles are primarily used in 
the following ways: 

(a) As a link in a transportation system . In this 
application, the payload, speed, turnaround time, and 
number of vessels involved in the trade are the primary 
variables. These factors must be considered principally in 
relation to initial and operating costs. 

(b) As a mobile naval base. Seaborne bases for war- 
fare systems are included in this group. In this instance, 
the design of the ship is subordinated to the military sys- 
tem and weapon requirements, except for inescapable es- 
sentials such as seaworthiness and habitability. Payload 
and speed in this case are generally defined in terms relat- 
ing to military effectiveness and the successful accom- 
plishment of the mission. 

(<?) .4s a special-purpose vehicle or platform . There 
remain many diversified craft which have little in common 
beyond the fundamentals of naval architecture and ma- 
rine engineering, and are, therefore, difficult to catego- 
rize. Oceangoing tugs, salvage vessels, oceanographic re- 
search ships, submersibles, offshore vessels, dredging 
vessels, yachts, ferryboats, towboats, pushers, barges, 
hydrofoil craft, and surface-effect ships are examples of 
such craft. 

Often, depending upon the application, payload and 
speed may be the predominant considerations in the selec- 
tion of the type of vehicle employed and may either favor 
or rule out some types of marine vehicles. Figure 1 is a 
comparison of alternative means of transportation and 
shows the feasible ranges of speed for various types of 
vehicles. 

In general, size restrictions are less stringent for ships 
than with the alternative modes of transportation. Geo- 
metrically similar ships of different scales float at the 
same proportionate draft since both the amount of water 
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displaced (the buoyancy or displacement) and the weight 
of the ship tend to vary as the ttffce of the scale. 

In general, displacement ships are less weight sensitive 
than the alternative modes of transportation. Fixed-wing 
aircraft, hydrofoil craft, planing boats, and surface-effect 
vehicles in general are weight sensitive and size limited. 
Such craft derive their support while in motion from lift- 
ing surfaces of various types; consequently, when geo- 
metrically similar but larger versions of a prototype are 
considered, the weight of the craft, including its payload, 
increases approximately as the cube of the scale ratio 
while the area of the lifting surface increases only as the 
square of the scale. As a result, the pressure loading on 
the lifting surface increases directly with the scale. 

As may be evident from Fig. I, the displacement type of 
vessel, while generally unlimited in size, has very definite 
limitations with regard to the speed at which it can be 
efficiently driven. The speed limitations for ships are most 
appropriately expressed in terms of the so-called speed- 
length ratio. Reference 7 contains a comprehensive treat- 
ment of this subject. 

The most spectacular growth in the size of ships has 
been in tankers. Many tankers built in the early 1950’s 
were in the cargo deadweight range of 20,000 to 30,000 
tons, and they were appropriately called supertankers be- 
cause they were twice the size of the T-2 tankers of World 
War II vintage. However, these "supertankers” have 
been eclipsed by later generations of tankers that are yet 
another order of magnitude larger in size. Some of the 
larger tankers became feasible when the natural limita- 
tions imposed by harbor depths were avoided by the use 
of pipelines to offshore unloading terminals. 


Section 2 

The Ship Design Process 


2*1 Definition of Ship Design Requirements* The de- 
sign of a ship is predicated upon its mission, as indicated 
above. But mission considerations can lead the details 
of the processes used to design commercial ships, naval 
surface combatants, and submarines, as examples, in 
strikingly different ways. Consequently, a comprehensive 
review of the design processes used for the various types 
of ships would be extensive in scope. To simplify this 
presentation and maintain a focus upon the underlying 
principles, the examples used in the following discussion 
are commonly oriented to commercial applications. 

The theoretical problem of optimizing a transport sys- 
tem would appear to be simply that of maximizing the 
mathematical product of payload times mean effective 
speed from point to point, while at the same time minimiz- 
ing initial costs and yearly operating costs. However, anal- 
yses of typical transport missions usually include other 
factors that put a great premium on higher speed. These 
include flexibility, or the ability to be in the right place at 
the right time with the right payload. The great increase 


in the speed of communications in recent decades has 
placed a higher premium on speed; however, higher 
speeds entail higher transportation costs, Higher trans- 
portation costs are in part the result of increased power 
requirements, which entail both additional capital ex- 
penses (e.g., propulsion plant rating) and operating ex- 
penses (e.g., fuel consumption). Other contributions to the 
increased costs of higher speeds are the increased first 
costs and reduced payload capacity of higher-speed vehi- 
cles, To obtain feasible resistance characteristics for 
higher-speed ships, their lines must be finer and have 
more curvature, which tends to increase the coat of build- 
ing the ships and to decrease their cargo capacity [8], As 
a result of these factors, aircraft usually transport most 
of the people, special equipment, and precious commodi- 
ties for which speed is of great importance, while ships 
continue to carry the larger portion of the heavy commodi- 
ties and bulk cargoes in both military and nonmilitary 
services. 

Ship design requirements are defined in terms that re- 
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late the ship to the overall mission objectives. Ship design 
requirements for both commercial and naval applications 
are established in a similar manner. Cargo ships, for ex- 
ample, must form an effective link in the cargo transpor- 
tation system, but there is generally no uniquely superior 
or one best way in which this might be achieved. For most 
applications, many different combinations of ship speed, 
ship size, and numbers of ships may be used to transport 
a given amount of cargo at a given rate from one point to 
another. 

In addition to a time schedule for the movement of 
cargo, the ship design requirements must also include a 
statement of other aspects of the mission that influence 
the principal features of the ship. An example is the inter- 
faces that must be established for integrated general 
cargo transportation systems in which cargo is packed in 
containers that may then be transported by trucks, ships, 
barges, and trains, in any combination, before being deliv- 
ered and unpacked. Effective provisions for the loading, 
storage, and discharge of cargo are important ship design 
considerations. 

The constraints imposed by the intended application, 
and by the limitations relating to payload and speed, 
largely determine a feasible range of the basic ship design 
requirements. The basic ship design requirements speci- 
fied for a merchant ship are broadly stated design criteria 
for the following typical characteristics: 

* Payload (cargo or passenger capacity and de- 
scription) 

* Sustained sea speed and endurance 

* Limits to overall ship dimensions (length, beam, and 
draft) for operation in the intended service 

* Loading-discharging methods and capacities 

* Number of holds, tanks, or other cargo spaces for 
balanced service 

* Crew or manning requirements /level of automation 

* Hotel requirements such as heating, ventilation, air 
conditioning, galley, public spaces, power, and 
lighting 

* Special requirements for navigation and communica- 
tions 

* Maneuverability requirements (steering, handling, 
and mooring) 

* Reliability and logistics support objectives 

A more detailed discussion concerning the factors to be 
considered when establishing the basic ship design re- 
quirements is presented in reference 9, 

2*2 The Ship Design Procedure. The broad ship design 
requirements, which are necessary to ensure that the ship 
can support the overall mission objectives, must be trans- 
lated into specific ship performance capabilities by marine 
engineers and naval architects. Inputs from other per- 
spectives, such as owner preferences, must also be consid- 
ered, In-depth analyses that may involve many disciplines 
are required to provide confidence that the ship design 
requirements will support the mission objectives. The 
analysis of these criteria, which leads to a synthesis of 
mission requirements and constraints, takes the form of 


an iterative process entailing successive steps of reassess- 
ment and adjustment. Most ship design requirements are 
interdependent and cannot be analyzed without consider- 
ing the others. Investigations may demonstrate that some 
of the basic ship requirements are not feasible, and a 
change in the overall strategy is necessary. In the event 
of such a change, all of the ship design requirements must 
be reevaluated to ensure that a balanced set of ship design 
requirements is maintained. 

The procedure used by marine engineers and naval ar- 
chitects to translate the ship design requirements into 
specific ship design criteria is often described as a design 
spiral [10]. The traditional method of illustrating the ship 
design procedure represents the process as a reiterative 
series of engineering and design activities that proceed 
through progressively more definitive phases and spiral 
inward to a solution. Figure 2 is a variation on this theme 
in which a set of concentric circular bands is used to repre- 
sent the successive stages of engineering activity. As the 
ship design develops and progresses through the inner 
stages, the feasible range of each decision becomes more 
restricted and the engineering analyses become progres- 
sively more detailed. 

The ship design process is generally considered to prog- 
ress through four stages, namely, conceptual design, 
preliminary design, contract design, and detail design . 
Each of these design stages is represented in Fig. 2 by a 
band of engineering activity that is separated from other 
bands of activity by an approval of the preceding stage 
or by some other authorising action. The design stages 
are shown separated because there is no assurance that 
design conditions can be developed that will satisfy all of 
the requirements established for any stage. Instead, in 
some cases, no amount of analysis and reassessment will 
result in a ship design that satisfies the established crite- 
ria and is acceptable to those with the authority to initiate 
the next stage. The authorization to proceed to a subse- 
quent stage is normally in the form of a formal approval 
or contract award. These authorizations are significant 
events because not only do they constitute the acceptance 
and conclusion of that stage, but they also initiate the 
authorization to expend the resources required to execute 
the next stage. While the conceptual design stage may be 
performed by a small group of people for a few hundred 
man-hours, each subsequent stage may entail an order- 
of-magnitude increase in engineering effort. The award 
of a ship construction contract is normally the authoriza- 
tion to proceed with the detail design stage. 

As indicated by Fig. 2, the ship design process begins 
with a definition of the ship design requirements. Based 
upon the required payload delivery schedule, limiting hull 
dimensions (e.g. p draft restrictions), and other stipulations 
stated as the ship design requirements for commercial 
ships, the hull form and dimensions of candidate ship de- 
signs can be determined. From these* with further modifi- 
cations and compromises, the most economical ship design 
may be established by using procedures such as those 
outlined in reference 9. However, before the dimensions, 
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form, and characteristics of a candidate ship can be estab- 
lished, as-yet unknown secondary data concerning the ma- 
chinery space, fuel consumption, and other engineering 
features must be available. To overcome this seemingly 
impossible situation, and to permit the analysis to proceed, 
the unknown characteristics must be initially approxi- 
mated and later refined as the analysis progresses. Esti- 
mates that are based on sophisticated and time-consuming 
analytical procedures may not be warranted during the 
formulative phases of a design analysis because the sup- 
porting data may change and nullify the results obtained. 
Parametric studies of similar ship designs, and other over- 
all methods of comparison, are generally adequate, and 
are more appropriate for early approximations. Of course, 
as the design analysis progresses and the supporting data 
become more firm, increasingly rigorous analytical proce- 
dures become appropriate. 

During the conceptual design stage, feasibility studies 
are conducted, usually by a small group of people, to 
identify alternative ship configurations that might satisfy 
the ship design requirements. This study effort may re- 
quire the development of an array of alternative design 
configurations that involve various combinations of the 
number and size of ships and ship speed, specialized hull 
forms, and optional propulsion and machinery concepts. 
All of the ship features indicated on Fig, 2 may not be 
analyzed to the same depth for each candidate ship config- 
uration, since reasonable approximations for some fea- 
tures may be adequate for the intended purpose. How- 
ever, during the conceptual design stage, the number of 


alternative configurations is narrowed to those with com- 
binations of principal characteristics that have the great- 
est potential for satisfying the cost and performance cri- 
teria. 

The products of the conceptual design stage generally 
include: hull dimensions and propulsion power require- 
ments; general arrangement drawings and an interior al- 
location of space by function (e.g,, machinery rooms, 
cargo or combat systems volume, crew accommodations); 
an estimate of total manning requirements; a high-level, 
light-ship weight estimate (i.e,, the weight of the steel, 
outfitting, and machinery); an estimate of construction 
costs; and similar high-level characteristics. The concep- 
tual design serves as a basis to determine the viability 
of the overall ship acquisition program and to identify 
candidate alternative concepts, such as optional types of 
propulsion plants to be evaluated in the preliminary de- 
sign stage, which follows. 

The conceptual design stage may continue for any num- 
ber of iterations around the band indicated on Fig, 2, 
In fact, the ship design requirements may prove to be 
impracticable as initially specified, in which event the anal- 
ysis would be curtailed during this stage. If, instead, an 
acceptable, balanced conceptual ship design is developed 
and approved, then authorization to proceed with the pre- 
liminary design stage may be given. 

The preliminary design stage entails more detailed 
analyses and, therefore, requires a much greater engi- 
neering and design effort than does the conceptual design. 
Trade-off studies are made during the preliminary design 
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stage to evaluate the relative merits of the various alter- 
native ship systems. Once a reasonably definitive prelimi- 
nary design has been developed, a tentative listing of the 
machinery components may be developed. Tables 1 and 2 
list types that were prepared for a 42,000-dwt products 
tanker. In addition, preliminary sketches that depict the 
arrangement of major components and the larger and 
more important auxiliary units may be prepared. Many 
aspects of the ship design remain tentative during this 
stage, and it is essential that each member of the design 
team maintain dose communications with all others. For 
example, changes in the hull form or dimensions may 
result in a required change in the rating of the propulsion 
plant or plant configuration. During the preliminary de- 
sign stage, the ship design is developed to the extent 
necessary to ensure that it is technically sound and can 
meet all of the ship design requirements. When an accept- 
able preliminary ship design has been confirmed and ap- 
proved, the development of a contract design may be au- 
thorized. 

While the basic design characteristics of the ship are 
generally defined at the completion of the preliminary 
design stage, the design and performance parameters are 
not developed in sufficient detail to serve as a basis for a 
construction contract During the contract design stage, 
the objective is to develop the ship design in sufficient 
detail to permit a shipbuilder to have a dear understand- 
ing of the significant ship features and to estimate accu- 
rately the cost of building the ship. This requires a full 
definition of the ship's features and is a major engineering 
effort. For merchant ships, the invoked requirements of 
the classification societies, such as the American Bureau 
of Shipping or Lloyd's Register of Shipping, as well as 
the requirements of the regulatory bodies, such as the 
United States Coast Guard and the Public Health Service, 
establish minimum requirements. The General Specifica- 
tions for Building Ships for the U.S. Navy [11] provide a 
corresponding base for naval ships. Contract designs are 
usually performed by shipyards that have engineering 
departments sufficiently large and experienced, or by in- 
dependent design agents. 

Some details of a ship design are not readily described 
in words; examples are hull lines, space arrangements, 
and piping schemes. In such cases, contract drawings or 
contract guidance drawings may be prepared. Contract 
drawings describe precisely the design desired by the 
owners, and the shipbuilder must deliver a design that 
conforms to that described; hull lines are often specified 
in this way. Contract guidance drawings, on the other 
hand, are usually not contractually obligatory but only 
illustrate a design that is acceptable to the owner. The 
shipbuilder is expected to closely analyze contract guid- 
ance drawings and consider design alternatives to ensure 
that the design is proper. The contract design products 
typically include a set of contract specifications and draw- 
ings, the results of preliminary model tests, a list of ma- 
chinery and equipment {including estimated ratings), and 
a contract weight estimate. 

Ship specifications describe the work to be done and 
the performance expected; and they define standards of 


design, construction, materials, and workmanship. The 
preparation of a contract design package requires a thor- 
ough knowledge of the ship, the ability to discriminate 
between the essential and the trivial, a habit of thorough- 
ness and accuracy, and a talent for clear, concise presenta- 
tion, A contract design package is developed in sufficient 
detail to fully define the ship; however, unessential re- 
strictions must be avoided, so as to accommodate accept- 
able alternative approaches that are compatible with con- 
struction procedures found to be most effective by the 
shipbuilder. 

Design standards, which may. be either a fully specified 
design for components that are used repeatedly, or a para- 
metric definition of elements that with variations have 
multiple applications, are effective supplements to ship 
specifications. Standards are well known and accepted by 
the industry, and they avoid the necessity for redundant 
specification words. Descriptions of systems must state 
the essential system characteristics and may include spe- 
cific descriptions of equipment where essential. Citing a 
specific manufacturer's product could avoid the necessity 
for a long, detailed description; but doing so has the unde- 
sired effect of limiting competition. A preferred practice 
is to add the words "or equal, 1 ' Thus: "The distilling plant 
shall be an 8000 gpd, double-effect, XYZ Co. unit, or 
equal." With this specification wording, the owner would 
be obligated to accept the XYZ Co, unit, if offered, but 
other, comparable designs would also be considered. 

To complete the contract design phase, several itera- 
tions around the contract design band indicated on Fig. 2 
are required, until all aspects of the ship's characteristics 
are proven to be mutually compatible. The significant ship 
characteristics desired must be accurately reflected in the 
contract design package because subsequent corrections 
might disrupt other design work previously completed. 
This could necessitate a contract change with the ship- 
builder, usually Incurring additional expenses* 

The detail design stage is initiated after the completion 
and approval of the contract design package, and usually 
begins immediately after the award of a construction con- 
tract* The detail design is usually conducted by the ship- 
builder, but it may be performed by an independent design 
agent* During this stage, working drawings and other 
data required to construct the ship are developed* As indi- 
cated by Fig. 2, this is the final design stage, and all of 
the major design decisions (such as the selection of the 
types and ratings of machinery) have already been made 
and confirmed as satisfactory. However, a large volume 
of engineering and design work remains to be done to 
ensure that distributive systems can accomplish their in- 
tended functions, that individual components are techni- 
cally adequate, that stress levels are within acceptable 
limits, that acoustic objectives are met, that regulatory 
body and classification society rules are satisfied, and that 
unambiguous instructions are available to the construc- 
tion tradesmen {usually in the form of working drawings 
and supporting data). To the extent that the preceding 
stages of the design process have been accomplished prop- 
erly, the detail design phase is a relatively straightfor- 
ward, but nonetheless challenging, process* 
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Table 1 List of machinery for a 42,000-dwt products tanker 


Machinery control room 

Machinery conttwl console 
Bndge console 

Diesel generator auto 
start system 

Preferential trip ay stem 


Automatic standby 
Ays tern 

fire detection and alarm 
systems 


Centralized Control and Autoscatton System 


Diesel engine 
one (1) 


Thrust bearing 

line shaft 
one (1) 

Propeller shaft 
one (1) 

Line shaft bearing 
one (1) 


Stem tube bearing 
one (I) 


Propeller 
one fl) 


Jacket-water heated evap- 
orator 

one (I) 


Reverse osmosis desalina- 
tion plant 
one fl) 


Fuel-oil purifier module 
one (1) 


Fuel-oil supply unit 
one (1) 


A tut diesel engine fuel-oil 
beater 
one {1} 


In-port tux. diesel engine 
fuel-oil heater 
one (1) 

Inert-gas plant fuel-oil 
heater 
one (I) 


Totally enclosed, acoustically insulated, air conditioned, 
housing consoles, switchboards, distribution panels, and 
other control and momtormg equipment a? required 
Contains instrumentation, alarm and principal control sys- 
terns for main engine, an-dUuy, and auxusj-y plant 
Con tama main engine starting, reversing., and speed eon- 
ufoia and selected indicatkm and alarms for main, andl- 
iary* and auxiliary plant 

Arranged to start idle diesel generators and automatically 
parallel them with bus in the event of overload or inum- 
nent failure of electrical supply 
Arranged to automatically shed ban essential electrical load 
in stages, if sustained load reaches 90^ of connected gen- 
erating capacity 

Arranged for essential motor-driven pumps, to automati- 
cally start idle units when imminent failure of running 
unit ib indicated 

Fitted in compliance with regulatory-body requirements 
Profusion Unit 

Single-acting, two-stroke, direct-reversible* turbocharged, 
low-speed diesel engine 

Contract maximum continuous rating 15,300 

(CMCR), metric horsepower, rpm 102 

Normal continuous rating (NCR), metric 12,240 

horaroower, rpm 99 

Integral with main engine, pivoted shoe type 

Shafting 

Solid forged steel, ABS Grade 2 

Diameter, nt ig% 

Length, ft 19.0 

Solid forged steel, ABS Grade 2 

Diameter, in. 22% 

Length, ft 22.26 

Cast iron, tin-based babbit lined, disk lubricated 
Shaft diameter, in. Lg^ 

Length, in I8fc 

Diametrical clearance, in. 0,019 - 0.029 

Cart ductile iron shell w/wntrifically cast tin-based babbit, 
oil lubricated 

Shaft diameter, in. 22% 

Length, in, 

Diametrical clearance, m. 0.023 - 0.033 

Fixed pitch, nickel-alum inum-bronze, keyless 
Diameter, ft 22,25 

Number of b lad es 4 

Pitch ratio 0751 

Developed area ratio 0.54 

Hated power, metric hp 15,300 

Hated speed, rpm 102 

Distilling Plants 

Jacket-water heated, plate or flash type, package complete 
with ejecton, salinity cells, and controls 
Capacity, gpd 3000 

Sea salt distillate max grains /gal 0.25 

Feed temperature. 'F 85 

Jacket-water heat available, Btu/hr 2,7 x 10* 

Quantity jacket-water available, gpm 460 

Jacket- water inlet temperature, 'F 175 

Membrane type, high-pressure system, complete with prefil- 
ter, controls, pressure pump, water quality indicator, etc 
Ratod capacity, gpd 3000 

Water quality, max grams/gal 0.25 

Feed temperature, *F g5 

Fuel-Oil Systems 

Purifier module to consist of three (3) centrifugal, self- 
cleaning type purifiers complete with strainers, preheat- 
ers, built-in discharge pumps, motors, controls, etc. For 
use with heavy fuel oil and arranged for parallel or se- 
^ rise operation 

Capacity, gph (each purifier) goo 

F, O. viscosity, cSt €1 122*F 7Q0 

F, 0, temp, to purifier bowl, "F 203 

K O* max specific gravity @ G0*F 1.010 

Motor rating, hp (each purifier) 20 

FSaeil-oil supply module complete with all necessary pumps, 
motors. Filters, valves, controls, piping etc 
Max F. O. viscosity, c5t © 122T 700 

F. O. supply pumps (2): 
capacity, gpm 

motor rating, hp & 

F. Q. circulating pumps (2J- 

capacity, gpm 35 

F.O tW 6 

F. O. inlet temp., *F 512 

F. O. outlet temp. , "F 300 

Plate or shcll-itd^ubt type 

Fuel oil flow, gpm (HFu) 7 c 

Fuel oil itiiet temp., T lge 

Fuel oil outlet temp,, *F 320 

gsa&Sftr 5 $ 


Main lube-oil cooler 

one (!) 


Camshaft lube-oa unit 
o ne (1) 


Main engine lube-oil puri- 
fication module 
one (l) 


Aux diesel engine lube-oil 
purification module 
one (1) 


Piston-rod stuffing box 
dm, oil filtration unit 
one (1) 


Jacket-water preheater 
o ne (1) 


Freahwater expansion 
tank 
one (1) 

Jacket-water air sepa- 
rator 
one (1) 

Potable-water preature 
tank one (1) 


Potable- water purification 
unit 
one (l) 

Hot-water heater 
one (l) 


Central FW/SW heat ex- 
changer one (1) 


Lubrication- Oil Systems 
Plate type, lube-oil /fresh- water 

Heal dissipated, Btu/hr 2*500,000 

Lube oil flow, gptn * HOG 

Oil viscosity, SSTJ 9 1&0"F 600 

Oil outlet temp., *F 113 

Freshwater inlet temp., T HO 

Plate material stainless steel 

Camshaft L O, module complete with all necessary pumps, 
motors, filters, alarms, valves, pining, etc. 

Oil viaooeity, SSU 9 LOOT ' 600 

Lube-oil circulating pumps (2); 35 

capacity, gpm 5 

motor rating, hp 

Lube-oil cooler (I): U7 

L 0. inlet temp,, *F 115 

L, 0. outlet temp., *F 

Purifier module to be complete with two centrifugal, self- 
cleaning lype purifiers complete with strainers, preheat- 
era, built-in discharge pumps, motors, controls, etc, 
Chpacity, gpd (each purifier) 500 

L Q. viscosity, SSU 600 

Inlet L 0. temperature, *F 120 

Motor rating, hp (each purifier) 15 

Purifier module to be complete with two (2) centrifugal, 
self -cleaning type purifiers complete with strainers, pre- 
heaters, built-in discharge pumps, motors, controls, etc. 
Capacity, gpd (each purifier) 250 

L. b. viscosity, SSU 500 

Inlet L, 0, temperature, *F 120 

Motor rating, hp (each purifier) 7% 

Modular unit complete with pump, motor, tanks, filter, con- 
trols 1 valves, piping, etc. 

Circulating pump fib 

capacity, gpm 1 

motor rating, hp V 

Circulating tank (1): 185 


160 


Drain tank (1): 
capacity, gal 

Freshwater Systems 
Plate type 

Heat dissipated, Btu/hr 
Jacket- water flow, gpm 
Jacket-water temp, rise, ’F 
Plate material 
Steam nressure. nils' 

Weideo iteel. self-standing, fitted with level 
and low-level alarms 
Capacity, gal 

Welded, full-flow eye tone type 
Capacity , gpm 


364,000 

40 


GO 
; high- 

500 

375 


Steel construction, complete with relief valve, pressure 
switch, air supply, vertically mounted 
Tank capacity, gal 
Tank operating pressure, prig 
Tank design pressure, psig 
Automatic bromination proportioning type 
Capacity, gpm 

Storage tank capacity, gal 
Heating capacity, gph 
Inlet temperature, *F 
Outlet temperature, *F 
Steam pressure, psig 

Seawater Systems 
P late type, fresh water/seawater 
Heat dissipated Btu/hr 
Freshwater flow, gpm 
Freshwater inlet temperature, *F 
Freshwater outlet temperature, 'F 
Seawater inlet temperature, *F 
Plate material 


200 

100 

150 


200 

640 

50 

140 

25 


28,000,000 

2300 

130 

HO 

35 

titanium 


Plate or ahell-and-tube type 
Fuel-oil flow, gpm (UFO) 
Fuel-oil inlet temp,, *F 
FnsJ-oil outlet temp., *F 
Steam pressure, psig 


5 

125 


Oil-fired auxiliary boiler 
one (1) 


Heat-recovery boiler 
one (I) 


Deaerating feed tank 
oneU) * 


Atmospheric drain collect* 
ing tank 


Auxiliary Steam System 

Auxiliary boiler to be complete package with all controls, 
etc., required for automatic operation with heavv fuel oi] 
(HFO) 

Capacity, lb/ hr (saturated steam) 65,000 

Steam pressure, psig 250 

Feedwater temperature, *F 265 

Mounted in exhaust pipe of main propulsion diesel engine. 
Capable of automatic control. 

Capacity, lb/ hr (saturated steam) 6000 

Steam pressure, psig 250 

Feedwater temperature. *f 265 

Diesel exhaust -At temperature, *F 626 

Vertical, spray type 

Storage capacity, gal 1500 

Feedwater inlet temperature. T 200 

Feedwater flow, Ib/nr 71,000 

Pressure, psig 25 

Fabricated steel construction, fitted with coaling coil 
Storage rapacity, gal 600 

Drains, ibnrir 71,000 

Drains inlet temperature, T 330 

Drains outlet temperature. T 200 

S,W. cooling temperature, T 85 
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Diesel storting com 
preaaor* 
two (2) 


Main starting air receiver 
two (2) 


Auxiliary diesel air start 
receiver one (IJ 

Ship-aerviee air receiver 
one (1) 


Control air compressor 

one (1) 


Control air receiver 
one (1) 

Control air dehydrator 
one (1) 

Nitrogen generator 
□tie (1) 


Whistle 
one (1) 


Auxiliary diesel gen- 
erator 
three (3) 


Auxiliary generator trans- 
former bank 
one (11 

Emergency dieseJ gen- 
erator 
one (1) 


Emergency generator 
transformer bank 
one (1) 

Hydraulic power packs 
five fH| 


Valve operation pack 
one (I) 


Engine room supply fans 
tour (4) 

Engine room exhaust 
tone four (4) 


Auxiliary diesel room ex- 
haust fan one (1) 

L0/FO handling room ex- 
haust fan one (l) 


s*g 

I or horisontal 


Compressed- Air Systems 
M ultistage, positive-displacement, motordriven, 
cooled, direct or belt-driven 
Capacity , efrn [free air 1® discharge pressure) 
Discharge pressure, psig 
Motor rating, hp 
Cooling water « ItX/F, gpm 
Welded steel, vertical or horizontal 
Capacity, ft 3 

Operating pressure, psig 
Design pressure, psig 
Welded steel, vertical or horizontal 
Capacity, ft® 

Welded steel, vertic: 

Capacity, ft* 

Operating pressure, psig 
Design pressure, psig 
Liquid-ring, oil-free type 
Capacity, scffn 
Discharge pressure, psig 
Motor rating, hp 

Welded steel, vertical or horizontal 
Capacity, ft 3 

Operating pressure, psig 
Refrigeration type 
Capacity, sefm 

Dewpoint @ atmospheric pressure, 'F 
Membrane separator type 
Nitrogen capacity, sefh 
Inlet air pressure, psig 
Nitrogen pressure, psig 
Nitrogen purity, % 

Air Tyfon type 


Table 1 (co/jA) 


115 

435 

50 

45 


436 

600 


435 

80 

100 

150 

100 

80 

50 

80 

80 

100 

-26 

176 

270 

260 

95 


Auxiliary Diesel Generators 
Air-starting nonreversing, turbocharged, four-cycle with 
attached neat exchangers, pumps, and controls. Capable 
of burning heavy fuel oil 

Continuous rating, kW iqqO 

v . kVA mo 

Volts 480 

Hern g a 

Phase 3 

Speed, rpm 900 

Cooling-water flow, gpm 3% 

One bank of three (3) single-phase 430/1 S&CMrolt trans- 
formers 

Automatic hydraulic start, radiator cooled, noare versing, ca- 
pable of burning marine diesel oil; heated outside of ma- 
chinery space 
Continuous ratings kW 
kVA 

Volts 
Hertz 
Phase 

One bank of three (3) single-phase 480/1 20-volt trana 
formers 


250 

313 

480 

60 


Hydraulic Power Packs 
Electric-motor-driven 

Rated capacity (each), kW gQO 

Hydraulic discharge pressure, psig 3283 

Relief valve setting, psig 3550 

Electric-motor driven for cargohandling system valve open 

Working pressure, psi fgrv) 

Motor size, hp 5 

Ventilation Fans 

Axial-flow, 2-speed, motor driven, MARAD type 

Capacity, cfm 47,500 

Static pressure, in. WG ' 3 

Motor rating, hp 40 

Axial-flow, motor-driven, MARAD type 

Capacity, cfm 30,400 

Static pressure, in. WG 3 

Motor rating, hp 20 

Axial-flow, motor-driven, MARAD type 

Capacity, cfm 12,080 

Static pressure, in. WG 2 

Motor rating, hp 7 

Axial-flow, motor-driven, MARAD type 

Capacity, cfm 4300 

Static pressure, in. WG 3 

Motor rating, hp 3 


Air-condition ine plant 

two<2) 


Ship-stores refrigeration 
plant 
two (2> 


AlR-GONDJTIONTXG AND REtRIGl RATION MACHINERY 


Direct-expansion, motor-driven, freshwater cooled; 

unit rated at one-half maximum system bad 
Capacity (each) © 33*F suction temperature, 
tons 

Refrigerant type 
Cooling-water Gcw, gpm 
Cooling- water temp., T 
Motor rating, hp 

Condensing type, motor-driven, freshwater cooled 
Capacity (each) @ — 20'F suction temp., tons 


each 


25 

R2! 

60 

no 

40 

L0 


Carbon-dioxide fire-fight- 
ing system 


Aqueous film forming 
foam (AFFFt system 
one (1) 


Workshop tools 


Inert-gas plant 
one (1) 


Steering gear 
one (1) 


jMooring winches six (6) 


Hose handling cranes 
one (1) 


Stores handling crane 
two (2) 


Engine room traveling jib 
crane one (1) 


Accommodation ladders 
two (2) 

Traction winch 
one til 


Engine room elevator 
one (1) 


Refrigerant R22 

CocUng-water flow, gpm 25 

Cooling-water temp., 'F 1 10 

Motor rating, hp 5 

Perk Extinguishinc 

High-pressure, manifolded cylinders, mounted vertically* lo- 
tatea external to machine rv space 
Cylinder ske, ib 

Number of cylinder 188 


Unit ooimted complete with storage tank, proportioning 
ition, and associated controls 


pemp and motor, preparation P 
Storage tank capacity, gal 
AFFF solution, % 

Frnportioner flow rate^ gpm 

Mo-tor rating, hp 

AFFF application rate, gpm 

Workshop Equipment 

Workshop to be outfitted with the following tools: 

Lathe 

Drill press 

Grinder 

Power hacksaw 
Welding machine 


300 

3 

33 

10 

1450 


Incinerator 
oue (1) 

Sew age- treatment system 
one (1) 

Engine room bilge oil/ wa- 
ter separator and oh 
content monitor one 41) 


Anchor wind lass /mooring 
winch 
two (21 


Cargo System 

Multi-inert type,_ capable of utilizing auxiliary diesel ex- 
haust or burning heavy fuel oil to produce Inert gas com- 
plete with gas generator blowers, water seal, deck seal, 
oxygen analyser, alarms, controls necessary to comprise 
a complete unit; skid mounted 
Inert-gas capacity, cfm £35 0 

Gas pressure, pet i_7 

Gas temperature, 'F 

Maximum oxygen content, % 4 

Number of blowers g 

Capacity, each blower, cfm 2250 

Blower motor rating, hp 

Pollution -Abatement Equipment 

Capable of burning waste oil and solids; diesel oil fired 
Waste-oil capacity, Ih/day l£0& 

Solid-waste rapacity, lb/ day 200 

Marine sanitation device, capable of treating black water 
Crew sire, persons 30 

Package type unit, complete with pumps, motors, controls 
etc. 

Max oil content in effluent, ppm ]£ 

FuieP (Ik 10 

rapaeny, gpm 
motor rating, hp 

Deck Machinery 

Raps ort slide, 4-eyl, dual electro-hydraulic 
Rudder torque (ahead) m.-lb 6 8 X 13* 

Rudder torque (astern) m.-lb 12.3x10* 

Electric motor rating, hp 75 

Hydraulic operated from central system, combined anchor 
windlass and mooring winch, each unit to have one wire 
rope drum and one gypsy head; winch to be constant ten 
sinning, 

Hydraulic pressure (nominal), psi gagg 

Anchor weight, lb (high hold power) 15,360 

Chain size, in. (extra nigh strength) 3y 

Chain speed @ 30 fathoms, fpm ijo 

Total chain length, fathoms 360 

Drum line pull, long tons 15 

Drum line speed, fpm 40 

Wire rope size, in fWRC l£ 

Hawser break strength, Ib 124 0 (h) 

Gypsy line pull, lb 20,000 

Hydraulic operated from central system, with single wire 
rope drum and single gypsy head; constant tensioning 

nPAMMlDA Tj 

15 
40 
20,400 

124, 60& 


Hydraulic pressure (nominal, psi) 

Drum line pull, long tons 
Drum tine speed fpm 
Gypsy line pull, tb 
Wire rope siae, in IWRC 
Hawser breaking strength, lb (synthetic, 
double braided) 

Hydraulic operated from central system 
Hydraulic pressure (nominal), psi 3263 

Capacity, metric tons ip 

Boom length, ft go 

Hydraulic operated from central svstem 
Hydraulic pressure (nominal), psi $263 

Capacity, lb JQCO 

Boom length, ft 34 

Electric, on rails in overhead of engine rasing, capable of 
traversing entire length and widtii of mam engine 
Capacity, metric tons 4 

Electrical, consumption, kW jo 

Compressed air operated 49 

length, ft 100 

Air pressure, psig 

Hydraulic operated from central s vs tern 
Hydraulic pressure, psig 
Line pull, ib 
Line speed, fpm 
Line sire, in. 

Electric type, geared traction drive 
Capacity, Lb 


3263 

50,000 

20 

500 
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Table 2 Pump list for a 42,000-dwt products tanker 


Units Service 

2 main seawater 

2 centra] FW cooling 

2 jacket-water cooling 

1 fire and foam 

1 emergency fire 

2 inert-gas plant scrubber 

14 cargo 

8 cargo 

2 cargo /slops 

8 segregated ballast 

2 engine room bilge and ballast 

1 engine room bilge sump 

2 evaporator feed 

2 auxiliary blr. feed 

2 auxiliary drain 

1 inert-gas deck seal supply 

1 sewage 

2 potable water 

1 hot-water circ, 

1 distillate 

2 main lube oil 

2 camshaft lube-oil supply 

1 cylinder lube oil 

2 lube-oil transfer 

2 fuel-oil transfer 

2 fuel-oil circulating 

2 fueloil supply 

1 sludge 

2 inert-gas plant fuel-oil supply 

2 auxiliary diesel fuel-oil 

supply 

3 fuel-on purifier supply 

2 main eng, L.Q. purifier 

supply 

2 aux. diesel L.O. purifier 

supply 

2 aux, olr F.O. supply 


Type 

Drive 

Fluid 

Capacity, 

gpm 

cent 0 

elee. 

SW 

3 000 

cent.* 

motor 

elec. 

FW 

3 200 

cent.* 

motor 

elec. 

FW 

375 

cent* 

motor 

elec. 

SW 

1300 

cent* 

motor 

elec. 

SW 

550 

cent* 

motor 

elec. 

SW 

1 150 

cent. 4 

motor 

hyd. 

GO 

700 

cent 4 

motor 

hyd. 

CO 

270 

cent. 4 

motor 

hyd. 

CO 

. 270 

cent. 0 

motor 

hyd- 

SW 

* 2 000 

cent* 

ro otor 
elec. 

SW 

{ 

400 

eent a 

motor 

elec. 

SW 

50 

cent* 

motor 

elee. 

SW 

100 

cent/ 

motor 

elec. 

FW 

175 

cent* 

motor 

elec. 

FW 

175 

cent/ 

motor 

elec. 

SW 

15 

cent 0 

motor 

elec. 

SW 

25 

cent.* 

motor 

elec. 

FW 

40 

cent* 

motor 

elec. 

FW 

5 

cent/ 

motor 

elec. 

FW 

50 

rotary-/ 

motor 

elec. 

LO 

1 100 

rotary/ 

motor 

elec. 

LO 

35 

rotary/ 

motor 

elec. 

LO 

5 

rotary/ 

motor 

elec. 

LO 

30 

rotary/ 

motor 

elec. 

HFG 

100 

rotary/ 

motor 

elec. 

HFO 

30 

rotary/ 

motor 

elec. 

HFO 

15 

rotary/ 

motor 

elec. 

HFO 

25 

rotary/ 

motor 

elec. 

HFO 

5 

rotary/ 

motor 

elee. 

HFO 

5 

rotary/ 

motor 

elec. 

HFO 

13.3 

rotary/ 

motor 

elec. 

LO 

8.3 

rotary/ 

motor 

elec. 

LO 

5 

rotary/ 

motor 

elec. 

HFO ( 

8 

motor 




Head, 

Driver 

Suction 

psi 

hp 

Condition 

25 

75 

flooded 

50 

150 

flooded 

40 

15 

flooded 

135 

150 

flooded 

160 

100 

flooded 

65 

75 

flooded 

400 ft 

. * . 

flooded 

400 ft 

. * . 

flooded 

400 ft 

* * * 

flooded 

40 ft 


flooded 

45 

20 

5-ft lift 
(self -prim.) 

15 


flooded 

50 

5 

flooded 

350 

50 

20-ft 

NPSH 

40 

w* 

flooded 

25 

K 

flooded 

15 

K 

flooded 

00 

5 

flooded 

15 ft 

* 

flooded 

40 

% 

2-ft NPSH 

70 

100 

10-in. Hg 
lift 

60 

3 

10-in. Hg 
lift 

30 

^4 

10-in. Hg 
lift 

40 

IK 

flooded 

50 

10 

5-ft lift 

145 

5 

flooded 

60 

2 

IQ^in. lift 

60 

6 

5-ft Hg 
lift 

30 


10-in. Hg 
lift 

30 

K 

10-in. Hg 
lift 

45 

3 

flooded 

45 

1 

5 lift 

45 

1 % 

flooded 

250 

3 

flooded 


Material Key 

* Casing: NiAlBrz, Bra, GuNi 

Impeller: Brz, NiAlBrz 
Shaft: Monel. K-Monel 

* Casing: Brz, NiAlBrz, CuNi 

Impeller: Brz, NiAlBrz 
Shaft: 304,316 S.3. 


f Casing: NiAlBrz Alloy 20, CuNi 
Impeller: NiAlBrz Alloy 20, E-Monel 
Shaft: Monel, K-Monel 

4 Stainless steel, AISI 316 
f Casing: 12% Cr steel 
Impeller: 12% Cr steel 
Shaft: 410,416 S.S. 


/ Casing: ductile iron, steel 

Rotor: ductile iron, steel 

Shaft: steel 
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2.3 Specific Marine Engineering Requirements. Re- 
turning to the ship design process illustrated by Fig. 2, 
marine engineers are usually assigned the responsibility 
of translating the broadly defined ship design require- 
ments and cost objectives into specific requirements for 
the various shipboard systems. Such requirements typi- 
cally fit the following scheme of classification: 

Main Propulsion System 
Type and number of propulsors 
Shaft power 

Propeller diameter and speed 
Type of propulsion plant 
Automation objectives 
Fuel consumption objectives 
Noise objectives 
Space and weight objectives 

Auxiliary Ship Systems 
Electric plant 
Steam 

Fuel handling and treatment 
Lubricating-oil 

Heating, ventilation, and air conditioning 
Firefighting, bilge, and ballasting 
Pollution control 
Seawater 
Fresh water 

Hull Machinery Systems 
Steering gear 
Bow or stem thrusters 
Anchor handling 
Mooring 

Ship stabilization 
Cargo Systems 

Tanker systems, such as cargo and ballast pip- 
ing and pumps, tank-cleaning provisions, 
and inerbgas provisions 
Cargo handling 

Naval-Ship Combat Support Systems 
Weapon elevators 
Aircraft elevators 
Aircraft catapults 
Torpedo handling 
Underway replenishment 

Military Electronics 
Command and control 
Weapon directors 
Tactical data 

Electronic countermeasures 

Communications and Navigation Systems 
Interior communications 
Exterior communications 
Navigation 


The requirements specified for these representative 
systems must ensure a compatibility with the marine envi- 
ronment. Among the factors to be considered are the 
ship's motion (pitch and roll) as well as trim and list, possi- 
ble exposure to seawater and a salt atmosphere, and a 
service life that often exceeds 30 years. 

2.4 Equipment Procurement, Shipbuilders custom- 
arily purchase from other manufacturers much of the 
machinery and equipment required to construct a ship; 
however, the extent of the equipment purchased varies 
with the policy, facilities, and staff of the shipbuilder. 
During the 1930s, the larger shipyards manufactured a 
very high percentage of the equipment used to construct 
their ships. Two factors especially helped make this policy 
feasible: ships were generally of a lower power level and 
much less sophisticated in their design, and there was a 
preference by shipyard management to maintain control 
over their work. By the 1940s, however, the continual 
escalation in the complexity of equipment, and the econo- 
mies derived from specialization and standardization, re- 
sulted in a continuing decline in the percentage of the 
equipment manufactured by shipbuilders. As a conse- 
quence, many shipyards purchase substantially all ma- 
chinery components except for those of high volume (e.g,, 
piping system elements) that some shipyards have elected 
to develop a specialized capability to produce. 

Some shipyards have maintained the technical and pro- 
duction capabilities necessary to manufacture a great ma- 
jority of ship components; however, the components can 
often be purchased from specialty manufacturers at a 
lower cost Nevertheless, a much broader manufacturing 
capability must still be maintained by shipyards, because 
in critical production situations the shipbuilder often be- 
comes the manufacturer of last resort. This may occur if, 
for example, labor disputes, business failures, or design 
deficiencies prevent a manufacturer from meeting an 
equipment delivery date. In such an event, the cost of the 
component, itself, may become of secondary importance 
as it is overshadowed by the costs that would be incurred 
in delaying the ship. 

With the exception of standard components, purchased 
equipment is usually built in compliance with a special 
purchase order that satisfies the ship requirements. Ma- 
rine engineers play important roles in the procurement 
process. They provide technical direction for the develop- 
ment of detailed procurement specifications that define 
the important equipment characteristics, including the 
features, duty, construction, materials, manufacturing 
standards, and test requirements. This responsibility re- 
quires a comprehensive analysis of total systems (e.g., 
propulsion plant, piping, ventilation, and electrical) to es- 
tablish the performance requirements for specific compo- 
nents. 

Ensuring the functional adequacy of a design is a major 
responsibility of marine engineers. The development of 
piping diagrams is an important example of a marine engi- 
neer's work. Piping diagrams present, in a convenient, 
usable form, the pertinent requirements of the specifica- 
tions and regulatory bodies; they usually also show, in 
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elementary form, the piping connections between the vari- 
ous units, the types of valves and regulating devices, and 
the equipment ratings as well as their sizes, materials, and 
pressure standards. Many major design decisions must be 
made to support the development of diagrams; however, 
the preparation of diagrams facilitates an early identifica- 
tion and resolution of design problems that would become 
increasingly disruptive to correct as the design prog- 
resses. Piping and other system diagrams, which are illus- 
trated in Chapter 20, reflect functional characteristics 
only and do not explicitly describe the arrangement of a 
system. 

Production schedules usually require equipment pur- 
chase orders to be placed before the design of systems 
has been completed; therefore, the equipment ratings as 
specified often include a prudent margin that is based 
mainly on the marine engineer's experience. 


The purchasing agent uses the procurement specifica- 
tions to obtain price quotations from prospective manufac- 
turers, whose products are evaluated for their technical 
acceptability by marine engineers. After a purchase order 
has been placed, the detailed plans developed by the manu- 
facturer are reviewed to confirm that the design complies 
with the system and purchase order requirements. When 
this compliance has been confirmed, the release for manu- 
facture is authorized. The shipbuilder's marine engineers 
follow the progress of the equipment through the produc- 
tion process and may work with the manufacturer in the 
resolution of any production problems. A marine engineer 
usually will travel to the manufacturer's plant to inspect 
the completed equipment and observe the completion tests 
before it is transported to the shipbuilder for installation. 


Section 3 

Development of Main Propulsion System 


3.1 Overall Considerations. The basic operating re- 
quirement for a main propulsion system is to propel the 
vessel at the required sustained sea speed for the range 
(or endurance) required and to provide stopping, backing, 
and maneuvering capabilities. All of these operations 
must be accomplished reliably, and the operation and on- 
board maintenance requirements of the propulsion sys- 
tem must be within the capabilities of the crew. Finally, 
the main propulsion system must fulfill all of the basic 
operating requirements at a cost within that allocated 
during the preliminary studies of the ship system; other- 
wise the preliminary studies must be reevaluated. 

Before a main propulsion plant can be designed, the 
power required for sustained operation and endurance 
must be tentatively determined. However, there is an in- 
terdependent relationship involved: the space and weight 
requirements for the propulsion plant vary with the power 
rating and can have a significant effect on the ship config-, 
uratjon, while the dimensional and form characteristics of 
the hull and its approximate displacement are required to 
establish an estimate of the propulsive power required. It 
Is apparent that marine engineers must coordinate their 
activities with those of naval architects from the earliest 
conceptual design stage. 

3.2 Propulsion Power Profile. Except for short peri- 
ods when approaching or departing port, most merchant 
ships operate at a high percentage of rated power. Occa- 
sionally, the operating schedule may include periods of 
operation at reduced speed, but seldom at speeds Below 
that corresponding to about one-half power. Conse- 
quently, for merchant ships economical operation at the 
sustained sea speed corresponding to the intended trade 
route is of primary importance. 

The situation with naval ships is entirely different. The 
power plants for naval ships must be designed to satisfy 


the highest speed requirements projected for them, but 
the maximum power capability provided is seldom used. 
During the majority of the life of a naval ship, the ship is 
operated at cruising speeds, which correspond to approxi- 
mately 60% of maximum speed or about 20% of the propul- 
sion plant rating. Consequently, good economy at the 
cruising speed is of major importance because the fuel 
consumption at this speed may control the range of the 
ship during many operations. 

The power requirements for special-purpose vessels, 
such as towboats and icebreakers, are clearly established 
by extremes in the towing and icebreaking modes of oper- 
ation, but free-route operations must also be given consid- 
eration. 

The design of a power plant must fully reflect the op- 
erating profile of a ship. This means that for ships which 
must have a very high power capability, but only for rare 
and brief periods, the acceptable component service lives 
for full-power operation may be relatively low, and the 
acceptable rate of fuel consumption at full power may be 
high. Economy measures, such as waste-heat recovery, 
would generally not be considered for the maximum 
power condition. On the other hand, economy would be 
given major emphasis for the more extensively used, low- 
er-power, cruising mode of operation. 

3,3 Determination ef Ship Resistance, The general 
subject of ship resistance falls within the domain of naval 
architecture as opposed to marine engineering. For this 
reason, a detailed treatment of the subject is presented in 
reference 7; but for completeness purposes, some of the 
considerations involved warrant a brief review. 

The most reliable means of determining the resistance 
of a ship is to construct a scale model of the underwater 
portions of the ship and conduct model resistance tests in 
a towing tank. However, because of the time and cost 
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involved, and because the ship dimensions and hull form 
are subject to frequent adjustment during the preliminary 
design stage, model testing is generally postponed to a 
later design stage. For preliminary purposes, sufficient 
accuracy can generally be obtained from an approximate 
assessment of the ship's resistance that is based on a 
published series of test results derived from systemati- 
cally varied hull forms, using tentative values that have 
been established for the ship payload, sustained sea speed, 
and principal dimensions. Two such test series that can 
be used to assess the resistance of fine to moderately 
full-form displacement hulls are known as the Taylor's 
Standard Series [12], and Series 60 [13]. These systematic 
series are well known and widely used; however, other 
series data have been developed that are applicable to 
specific types of hutl forms. Reference 14 is one such 
series that relates to full hull forms. 

Although series test data can be used to estimate the 
resistance of ships in a straightforward manner, the pro- 
cess requires estimates to be developed for the major 
hull characteristics. If the accuracy of an estimate is less 
important than the rapidity with which it can be made, a 
statistical method may be used. Reference 15 is an illus- 
tration of a statistical method. By averaging plots of a 
substantial number of actual designs, an approximate sta- 
tistical technique was developed to estimate the weight, 
displacement, speed, power, and other principal character- 
istics of a wide variety of cargo ships and tankers. Marine 
design activities commonly summarize thetr data on ex- 
isting designs in a similar form to permit approximate 
parametric investigations to be made rapidly. 

3.4 Selection of the Propulsor. Once the ship speed 
requirements and resistance have been tentatively estab- 
lished, the next step is to select the type of propulsor. As 
indicated by Fig. 3, some types of propulsors are inher- 
ently more efficient than others for particular applications 
[16]. Figure 3 shows that relatively slow but high-powered 
vessels such as trawlers and tugs have inherently lower 
propeller efficiencies, but improved efficiencies are 
achievable by using propellers in nozzles. For higher- 
speed ships, however, contrarotating propellers are seen 
to be more efficient. 

The selection of the propulsor may not be a simple pro- 
cess, because in order to establish the type of propulsor, 
it may be necessary to at least tentatively select the type 
of main propulsion machinery. For example, the gain in 
efficiency offered by selecting contrarotating propellers 
or other complex propulsors must be traded off against 
the advantage of simplicity provided by conventional main 
propulsion machinery and shafting arrangements. 

Similarly, the selection of the number of propulsors 
may also involve a trade-off. In general, vessels may be 
single, twin, triple, or quadruple screw. That is to say, the 
total power required to propel a vessel may be distributed 
(usually equally) among as many as four propulsors. From 
the point of view of initial and operating costs, fewer 
propellers are preferred; however, the magnitude of the 
power requirement, or the constraints on the propeller 


diameter, may force the selection of a multiple-screw ar- 
rangement to avoid an excessive propeller loading and 
the attendant cavitation that could otherwise result. In 
addition, there may be other factors in a given case, such 
as reduced vulnerability or improved maneuverability, 
that may favor the use of multiple propellers. 

Several systematic series of fixed-pitch propellers have 
been model tested, and the resulting data have been pre- 
sented in a form that is convenient for design selection 
purposes. Of these, probably the most suitable for design 
approximations is the Troost B Series of three, four, five, 
six, and seven-bladed propellers, although there are 
others that may be used [17]. In the usual case, the maxi- 
mum propeller diameter that will allow adequate propeller 
submergence for the operating draft of the vessel, allow 
ample tip clearances, and also adapt to the stern configu- 
ration of the vessel so as to minimize propeller-blade-fre- 
quency excitation forces, would be the propeller selected. 

A study must be made of the trade-off between the 
propeller rotative speed required to achieve a maximum 
propulsive efficiency and the constraints on propeller ro- 
tative speed that are imposed by size, weight, and cost 
considerations of the prime mover or transmission. The 
propeller rotative speed that is necessary to achieve a 
maximum propulsive efficiency (usualty in conjunction 
with the largest propeller that can be accommodated by 
the hull afterbody) is frequently considerably lower than 
that which is feasible from the viewpoint of the prime 
mover or transmission {because of the larger torque and 
hence machinery size associated with lower propeller 
speeds). Furthermore, attaining the maximum propulsive 
efficiency does not necessarily constitute the most cost- 
effective system. In general, propeller characteristics are 
such that the propeller can be designed to operate at a 
rotative speed somewhat higher than that corresponding 
to the maximum propulsive efficiency without incurring 
a serious penalty in the overall efficiency. That is, the 
propeller efficiency generally peaks over a rather broad 
range of propeller speed. While no significant penalty in 
efficiency is incurred when the propeller design speed is 
somewhat higher than that for peak efficiency, significant 
savings can be realized in the first cost, size, and weight 
of the prime mover or transmission because of the lower 
torque rating (with the power remaining the same). The 
most cost-effecti ve propeller speed is selected by conduct- 
ing a trade-off study that balances the propulsive effi- 
ciency against the size, weight, and cost of the p Hmg 
mover or transmission. 

3.5 Establishment of Propulsion Plant Power Rat- 
ing. Good practice dictates that a ship's propulsion plant 
be rated such that the desired ship speed can be attained 
with additional power capabilities held in reserve to allow 
for a degradation of performance with time. Factors to be 
considered in establishing the reserve capability include 
fouling and roughening of the hull, roughening of the 
working sections of the propeller caused by cavitation or 
erosion, and reductions in the performance capability of 
the prime mover, which taken together can result in a 
significant performance degradation in time. It is also 
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important that the vessel have a reasonable ability to 
maintain speed in moderately rough seas and under ad- 
verse weather conditions. The usual practice for providing 
such a margin is to use the parameter sustained sea 
speed, which is defined as that speed which is obtained at 
some percentage of the normal continuous or service 
shaft power rating, during trials, at design load draft, 
under favorable weather conditions, when the vessel and 
propulsion plant are new and the hull and propeller are 
clean and smooth. The relationship between the trial speed 
at rated power and the sustained sea speed is indicated 
by Fig. 4. The percentage {or so-called service factor) of 
the normal continuous or service shaft power rating used 
to establish the sustained sea speed is often taken to be 
about 80% (0.80 service factor) for container and break- 
bulk cargo ships, which may be loaded to the design draft 
during the various legs of a voyage, and about 90% for 
tankers and bulk carriers, which in general operate at 
design draft during the loaded leg of a voyage but in 
ballast during the return leg. A value of 80% is generally 
used in the design of naval ships. However, depending on 
the itinerary intended, type of maintenance plan envi- 
sioned, and mean time between dry dockings and over- 
hauls contemplated, the service factor used in a particular 
case may be somewhat different 
Gas turbines and steam turbines are generally expected 
to be operated at power levels near their maximum rat 
ings, but such is not the case with diesel engines. A diesel 
engine is generally selected so that it is operated at no 
more than about 90% of its maximum continuous power 
rating, and somewhat below its rated speed. Therefore, 
the installed maximum continuous power of a diesel- 
driven ship exceeds that of an otherwise similar turbine- 
driven ship. This operating region usually coincides with 
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SHIP SPEED 

Fig. 4 Ship spe«d*power dwocterisfics 

the engine's range of the lowest specific fuel consump- 
tion. In addition, the engine component service-life projec- 
tions and service recommendations for inspection, mainte- 
nance, and overhaul intervals are normally based upon 
operation in this region. The power level during normal 
operations is often termed the continuous service power, 
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and the difference between the continuous service power 
and the maximum continuous rating is called the engine 
margin. 

Gas turbines and steam turbines tend to be constant- 
power machines. That is, within limits, if rated torque is 
reached at a turbine speed that is somewhat less than 
rated, additional torque can be developed until rated 
power, corresponding to the flow through the power tur- 
bine, is reached. For this reason, turbine-driven propellers 
are usually designed so that under sea-trial conditions, 
when they are new, they absorb rated power at a rotative 
speed that is a small percentage greater than rated. Dur- 
ing service, as the ship slows and the propeller roughens, 
to a limited extent rated power can continue to be devel- 
oped at progressively lower engine speeds, but still re- 
main within the continuous service power rating (torque) 
of the main engine. 

Recognition of the fact that, while in service, a propeller 
torque of a given magnitude is developed at progressively 
lower propeller speeds is important in the design of all 
types of propulsion plants, but of particular importance 
with diesel-driven ships. Diesel engines have a limited 
overtorque capability and are adversely affected by con- 
tinuous torque loads that exceed their torque rating. 
Therefore, the power that can be developed and, conse- 
quently, the speed of diesel-driven ships can in time be 
limited by engine torque restrictions, 

3.6 Selection of Main Propulsion Plant. Like many 
other general design projects, the design of a machinery 
plant largely consists of the integration of a number of 
units and elements into a functioning system. The process 
entails selecting components, adjusting each to the con- 
straints imposed by all others, and arranging them to 
achieve the required system performance, a satisfactory 
configuration, and an acceptable life cycle cost. 

A number of design decisions must be made when for- 
mulating a main propulsion plant design. For example, 
the prime mover must be selected, with the common alter- 
natives being a diesel engine, an oil-fired steam plant, 
a nuclear-fueled steam plant, a gas turbine, or a plant 
combining these alternatives. Less-conventional designs 
may also be considered. Once the generic type of plant 
has been established, then the major characteristics of 
that plant must be selected. For example, should a diesel 
plant be high speed, medium speed, or low speed? Or, in 
connection with a fossil-fueled steam turbine plant, should 
the plant have a reheat or non-reheat cycle? With gas 
turbine installations, there is the choice between aircraft- 
derivative gas turbines and industrial gas turbines, and 
simple or regenerative cycles. 

Of the factors that must be considered when selecting 
the most suitable type of machinery, reliability in service 
is one of the most important, and must be given appro- 
priate emphasis. A failure in the propulsion machinery 
plant may mean the loss of ship availability, and may even 
jeopardize the safety of the vessel. Other considerations, 
such as fuel economy, weight, space, and first cost, usu- 
ally become of secondary importance when compared with 
the consequences of service interruptions that can result 


from inadequate reliability. Accordingly, only proven me- 
chanical concepts are selected for ships; developmental 
features are properly proven in prototype plants ashore, 
where failures are of little consequence as compared with 
failures at sea. 

The selection of a ship’s main propulsion plant may be 
influenced by previous practice, as is the case with most 
other complicated engineering systems. Ordinarily, perti- 
nent plans and essential data relating to the machinery of 
other ships, some perhaps rather similar to the one in 
question, will be available. If this information is available 
and in a usable form, first approximations can often be 
made without detailed study, thereby reducing the range 
and number of variables that must be given detailed con- 
sideration in the preliminary design stage. 

Space and arrangement requirements. In general, 
the space required for the propulsion plant is considered 
to be space forfeited from what could otherwise be used 
for more productive purposes (e.g., cargo or weapon sys- 
tems), and a maximum effort is accordingly made to re- 
strain the dimensions of the machinery space. 

Minimum space requirements are almost impossible to 
generalize satisfactorily for different types of power 
plants. It is usually necessary to make a preliminary ship 
arrangement layout to determine the effect of the power 
plant selection on the overall machinery space configura- 
tion. To illustrate the general differences in this respect 
among principal propulsion plant types, machinery ar- 
rangements from typical merchant vessels of comparable 
power are shown in Figs. 5, 6, 7, 8, and 9 for gas turbine, 
oil-fired steam turbine, low-speed diesel, medium-speed 
diesel, and nuclear-fueled steam turbine plants, respec- 
tively. There is a wide range of flexibility in the design of 
the propulsion plants illustrated, and for this reason the 
configurations and dimensions shown should be consid- 
ered representative only of plants with comparable power. 

Propulsion machinery configuration. Fundamental 
to the design of a main propulsion plant is the coordination 
of the prime mover with a transmission system and a 
propulsor, A number of possible machinery combinations 
may be considered by the marine engineer in making the 
selection. As indicated in Fig. 10, even with the range of 
considerations confined to those most commonly consid- 
ered, a large number of alternatives is feasible. 

As also indicated by Fig. 10, slow-speed diesel engines 
are the only commonly used prime movers that are di- 
rectly connected to the propeller shaft For other types of 
prime movers, transmission systems such as mechanical 
speed-reducing gears or electrical generator /motor trans- 
missions are required to make compatible the relatively 
high rotative speed necessary for an economical, efficient, 
and small prime mover and the relatively low propeller 
speed necessary to achieve a high propeller efficiency. 
Overall speed-reduction ratios vary from relatively low 
values for medium-speed diesels, which generally need 
only a single speed reduction, to approximately 80 to 1 for 
turbines, which require a double reduction. 

Mediunv and high-speed diesel engines are mass pro- 
duced and have many diverse applications. Medium-speed 
diesels operate in the approximate range of 300 to 1200 
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10. MAIN CONDENSER 

11. MAIN CIRCULATING PUMP 
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14. STEAM AIR HEATER 
16. UPTAKE 

16. DEAERATING FEED HEATER 

17. LUBE OIL SUMP TANK 


Fig. 5 Gas turbine power plant 


Fig. 6 Steam turbine power plant 


rpm, with engines turning faster than about 1200 rpm 
usually classified as high-speed engines (the precise dis- 
tinction in speed category is arbitrary and of no particular 
significance). Standardized parts and spares are readily 
available for diesel engines, which is highly advanta- 
geous, Engines that operate at progressively higher 
speeds generally have a higher wear rate, higher fuel 
consumption, and a lower tolerance for low-quality fuels 
because of their closer clearances and the shorter time 
period available for complete fuel combustion. 

Low-speed diesel engines were specifically developed 
for marine propulsion purposes, and are generally more 
tolerant of low-quality fuel than higher-speed diesels. 
Low-speed diesels are designed to be directly connected 
to the propeller shaft, and they turn at speeds sufficiently 
low to provide a high propeller efficiency, thus avoiding 
the necessity for reduction gears. In addition, their large 
piston diameters and long strokes are compatible with the 
reliable combustion of heavy fuels. Their inherent fuel 


economy is highly competitive, and their simplicity facili- 
tates automation. In may propulsion applications, these 
advantages are sufficient to offset their disadvantages of 
increased size, weight, and first, cost when compared with 
higher-speed engines. 

An electrical transmission has features that may be 
attractive in some applications. In this case, a prime mover 
drives a generator or alternator, which in turn drives a 
propulsion motor that is either coupled directly to the 
propeller or drives the propeller through a low-ratio reduc- 
tion gear. The use of an electric drive provides additional 
flexibility in the arrangement of the machinery, since the 
prime mover is not mechanically linked to the propulsion 
shafting. This flexibility can be of major significance in 
the arrangement of some types of ships, such as SWATH 
ships, which have twin, narrow undemater hull struc- 
tures where electric motors can be installed to drive the 
propellers, with the generators and their drives more con- 
veniently arranged higher in the ship. 
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Fig, 7 Low -speed die set power pJanf 


Also, with electrical transmissions, the peak power re- 
quirement can be satisfied by multiple primemover/pow- 
er-generating sets. This permits some of the prime movers 
to be taken off line during partial-power operation, provid- 
ing the additional advantage of enabling those remaining 
on line to be operated in the range of their best efficiency. 
As an example of electric-drive installations with multiple 
prime movers, submarine tenders, which are seldom 
moved once positioned on station, but must meet high 
electric-load requirements when on station, have been 
built with six diesel -generator sets driving a common elec- 
tric propulsion motor. The six diesel-generators are identi- 
cal, with all six being required to develop rated shaft 
power; but when on station, the six engines provide much 
flexibility in satisfying the varying ship-service electric- 
load requirements. 

Electric drives may be either a-c or d-c. An a-c transmis- 
sion is generally lighter and more efficient, but a d-e drive 
can be advantageous for applications that require a high 
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Fig. 8 Medium -speed diesel power plant 


maneuvering torque. Examples of d-c drive applications 
are ferries and various types of tenders and service craft. 

Several practical considerations constrain the ratings 
of the various alternative power plant selections. The sim- 
plicity and fuel economy of diesel engines make them well 
suited for many applications, particularly so for medium- 
and high-speed engines at the lower power ratings, where 
their size and weight requirements are competitive with 
other types of plants. However, in the high-power range, 
the weight and space requirements of diesel plants exceed 
those of comparable fossil-fueled steam and gas turbine 
plants. 

Gas turbines offer the advantages of low weight and 
space requirements, but they have little tolerance for low- 
quality fuels. An additional constraint with gas turbines 
results from the fact that these engines are not developed 
to satisfy the requirements of a specific ship application. 


18 


MARINE ENGINEERING 




1. REACTOR 
2* MEAT EXCHANGER 

3. ST^AM DRUM 

4. FRESSORI7ER 

5. CONTAINMENT VESSEL 
G. HR TURBINE 

7 . LP TURBINE 
8- CONDENSER 
9. CONDENSATE PUMP 

10. DEAERATING FEED HEATER 

11. FEED PUMP 

17. LP STEAM GENERATOR 

Fig. 9 


13. REDUCTION GEAR 
14 THRUST BEARING 

15. LUBE OSL SUMP TANK 

16. LUBE OIL GRAVITY tank 

17. DISTILLING PLANT 
ia. TURBO GENERATOR 
19. CONTROL CONSOLE 
20 SWITCHBOARD 

21. STOREROOM 

22. LUBE OIL SETTLING TANK 
23 LUBE OIL STORAGE TANK 
24. WORKSHOP 


Nuclear power plant 


Gas turbines are sophisticated machines that require 
many years of evolutionary development at an enormous 
expense* No specific ship project could support the ex- 
pense required to develop a unique gas turbine for a par- 
ticular application. Most of the gas turbines used for ma- 
rine propulsion were derived from gas turbines that were 
developed for aircraft applications. The incorporation of 
a power turbine and material changes were the principal 
modifications made to “aircraft'" gas turbines to form the 
“marinized” or “aircraft-derivative” gas turbines which 
are prevalently used for naval combatants. Some “heavy 
duty 1 ' or industrial gas turbines have also been marmized 
and used for ship propulsion* Only those engine designs 
that were forecasted to be in continuing demand, with 
relative minor adaptations and variations to suit numer- 
ous ship applications were marinized. As a result, the 
available power ratings of gas turbines tend to be discrete 
and may not closely match a particular requirement. For 
example, if an analysis of the powering requirements for 


a ship indicates that the maximum power requirement is 
20,000 hp, the most appropriate gas turbine selection may 
have a manufacturer’s rating of 23,000 hp. The higher- 
rated gas turbine would be less expensive than one specify 
cally designed for the lower power requirement, and the 
higher engine capacity would provide increased service 
margins, which would reduce stress levels and facilitate 
a longer engine life; however, the specific fuel consump- 
tion of the larger gas turbine could be higher than for one 
designed for the particular requirements* 

Steam turbine plants are generally optimized for a spe- 
cific power output, and, as a result, the power ratings of 
steam turbine plants are generally close to their design 
capacity. There is no practical upper limit to the maximum 
power rating of marine steam turbine plants other than 
the source of steam and the ability to effectively transfer 
the power to a propulsor. The steam for steam turbines 
may be generated from boilers fired with any of a variety 
of fuels, or from nuclear reactors. Most marine steam 
plants use low-quality residual oil as the fuel, but steam 
plants are uniquely adaptable to coal firing, and boil-off 
gas is commonly used to fuel boilers on liquefied natural 
gas tankers. In addition, in some combined cycle plants, 
steam can be generated from the heat in the exhaust of a 
gas turbine and used to drive a steam turbine. 

Although the specific fuel consumption of steam plants 
is higher than that of diesel plants, steam plants can be 
operated with fuels of very low quality, and steam plants 
require less maintenance. In the lower-power range, how- 
ever, the complexity of steam plants generally does not 
offset the advantages provided* Many successful steam- 
ships were built, and continue to operate, that have rat- 
ings in the lower-power range; however, for most applica- 
tions, slow-speed, direct-drive diesel engines have 
established dominance over steam plants in the range of 
powers that are within the capabilities of diesels. 

When establishing ratings of the various power plant 
components, the components should be analyzed for ser- 
vice and design margins to ensure the high degree of 
reliability required for the safety of the vessel. Reason- 
ably conservative ratings should be used for design pur- 
poses since in some cases there is a tendency for manufac- 
turers' ratings to be derived from tests under laboratory 
conditions, as opposed to the less-than-ideal conditions 
encountered in marine service. An additional factor to 
be considered for gas turbines is the sensitivity of these 
engines to the ambient temperature; increasing ambient 
temperatures limit their power output capability and ad- 
versely affect their specific fuel consumption. 

The cost of fuel and materials required for nuclear reac- 
tors as well as their stringent quality and safety standards 
make that source of steam relatively expensive. However, 
nuclear power provides features that are advantageous 
for certain applications. Nuclear reactors require no sup- 
ply of oxygen for combustion, and they can operate for 
many years between refuelings. Nuclear power has revo- 
lutionized the military effectiveness of submarines by pro- 
viding them with the additional dimension of virtually 
unlimited submerged endurance. Nuclear power is also 
beneficial vrith respect to high-powered surface ships that 


19 


BASIC CONCEPTS 

PRIME MOVER TRANSMISSION PBQFLll SOR 



Fig. 10 Principal alternatives in the selection of a propulsion arrange men 1 


require extended endurance, such as icebreakers and air- 
craft carriers, where the refueling requirements of con- 
ventional power plants could prevent them from accom- 
plishing their missions. 

Significant advances have been made in nuclear propul- 
sion technology* USS Enterprise , the first nuclear-pow- 
ered aircraft carrier, used eight reactors. The USS Nimitz 
class aircraft carriers were subsequently designed to have 
only two, but produce the same propulsion power* The 
use of a single reactor for aircraft carriers would not be 
considered, because of operational flexibility and dam- 
aged-ship survivability requirements* The first Enter- 
prise reactor cores had service lives of only a few years, 
but the later Enterprise cores and those of the Nimitz 
can operate for two decades between refuelings. In the 
lower-power range, nuclear power is generally not com- 
petitive; however, for large, high-powered ships, such as 
aircraft carriers, the total life-cycle costs of nuclear pro- 
pulsion are less than for fossil-fuel plants. The trade-off 
between economic considerations and the operational su- 
periority provided by nuclear propulsion must be made for 
each particular ship application. However, the relatively 
higher initial and operating costs, as well as the social 
and environmental issues involved with nuclear plants, 
generally confine their application to warships. 

Combined plants. The basic choices when selecting a 
ship’s prime mover are a diesel engine, gas turbine, or 
steam turbine; however, for some service requirements it 
may be a practical impossibility for any single prime 
mover to acceptably satisfy all of the operating conditions. 
As examples, Coast Guard cutters and naval combatants 
may be required to operate for extended periods of time 


at low, economical cruising speeds, but upon command 
may be required to reach maximum power, which can be 
several hundred percent higher, in a matter of minutes to 
respond to an emergency* A single prime mover may not 
be suitable for such extreme service requirements, and a 
combined plant may be a preferred choice. In combined 
plants, two different prime movers (although they may 
be different sizes of the same type) are usually connected 
to the propeller shaft through a common transmission 
system, as illustrated by Fig. II, to take advantage of the 
desirable features of each prime mover. A combined diesel 
or gas turbine (CO DOG) plant may be a preferred choice 
for diverse service requirements such as those associated 
with Coast Guard cutters and small naval combatants. In 
these cases a relatively small diesel engine (the “cruise” 
engine) would be used during the low-speed, high-endur- 
ance cruising mode, to take advantage of the economy of 
a diesel engine; or, for maximum-power requirements, the 
higher-power gas turbine (the “boost” engine) would be 
brought on line* A mechanism such as an overriding clutch 
would be used to ensure that either the diesel or the gas 
turbine, but not both, drive the propeller. While the fuel 
economy and endurance of the gas turbine would be less 
than those of the diesel, these would be secondary consid- 
erations because of the gas turbine's infrequent use, CO- 
DOG plants make it possible to minimize the operating 
hours on the large gas turbine, which is required only for 
high power requirements, and the presence of two prime 
movers provides a degree of redundancy. These features 
are advantageous in many practical situations, and CO* 
DOG plants are commonly used. 
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Fig. 11 Typical combined propulsion plant alternatives 


In addition to CODOG plants, other typical combined 
plants are illustrated by Fig* 11; noteworthy features of 
several combined plants are as follows: 

* Combined gas turbine or gas turbine (COGOG). Ap- 
plications for COGOG plants are similar to those 
for CODOG plants, with the difference being that a 
small gas turbine is used, instead of a diesel engine, 
as the cruise engine, with one or more larger gas 
turbines providing the boost power* At cruising 
speeds, the fuel economy of the small gas turbine, 
which operates near its rating, is better than could 
be obtained with a larger engine operating at a small 
fraction of its rating. 

* Combined gas turbine and gas turbine (COGAG)* 
COGAG plants contain one or more small gas tur- 
bines which are used for economical operations at 
very low cruising power levels, and one or more 
large gas turbines which are used occasionally at 
boost power levels. All of the gas turbines drive 
through a common reduction gear. COGAG differs 
from COGOG in that a COGAG plant is designed 
to require all gas turbines to be on line to develop 
maximum power* The principal advantages of CO- 
GAG plants are the economy realized during ex* 
tended small-engine operations, the ability to de- 
clutch and secure unneeded engines during 


extended periods of low-power operation, and the 
redundancy provided. The necessity to coordinate 
the simultaneous operations of large and small gas 
turbines can, however, be a disadvantage* Note that 
installations consisting of multiple, identical gas tur- 
bines are not considered to be combined plants* 

* Combined diesel and gas (CODAG). CODAG plants 
potentially provide the economy of a diesel engine 
and the almost instant boost power of a gas turbine 
on demand; however, they entail a significant disad- 
vantage With both the diesel and gas turbine re- 
quired to he in operation to develop full power, the 
coordination of the two dissimilar types of power 
plants presents complex control problems that limit 
the practical significance of CODAG plants. 

Some triple-screw ships deployed by the Russian 
Navy b^ve diesel-driven centerline shafts and gas- 
turbine-driven outboard shafts, and conversely* 
These ships have been cited as having CODAG 
plants; however, that classification is questioned 
since the operation of the plants is not directly re- 
lated* 

* Combined gas turbine and steam turbine (COGAS)* 
COGAS plants can be of two types: Either the gas 
turbine and steam turbine can be combined mechani- 
cally but be kept thermodynamically independent, 
or they can be combined both mechanically and ther- 
modynamically. In a thermodynamically indepen- 
dent plant, the gas turbine and steam turbine drive 
a common reduction gear, with both being required 
to develop full power; plants of this type were used 
in some foreign navies, but their use has been discon- 
tinued* A combined nuclear and gas turbine 
(CONAG) plant is a variation of this scheme in which 
the steam is generated by a nuclear reactor; how- 
ever, no such plants have been built. 

A thermodynamically combined cycle, which has 
also been called a STAG (steam and gas turbine) and 
a RACER (RAnkine Cycle Energy Recovery) cycle, 
uses both a gas turbine and a steam turbine to de- 
velop full power [18,19]* As indicated by Fig* 12, the 
exhaust gas from the gas turbine is used to generate 
the steam that drives the steam turbine. The power 
that can he developed by the steam turbine is in the 
range of 20% to 35% of that produced by the gas 
turbine* The principal advantage with this type of 
plant is the fuel economy that is achievable. For 
redundancy to be provided, which is usually desir- 
able, the waste-heat boiler must be designed with 
the ability to be independently fired, because there 
would otherwise be no source of steam when the gas 
turbine is inoperable* 

There are numerous variations of combined plants, any 
of which might be advantageous in particular circum- 
stances. 

Reversing capability* The means selected to stop and 
reverse a ship are closely related to the choice of prime 
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Ffg. 12 Combined go$ turbine and steam turbine (COGAS) cycle 


mover. Most direct-drive diesel engines are readily revers- 
ible, as are electric drives* Steam turbines and gas tur- 
bines, on the other hand, cannot be directly reversed and 
require special reversing provisions* The usual solution 
with steam turbines is to locate special rows of astern 
blading in the region of the turbine casing that, during 
ahead operations, are at the exhaust end of the turbine 
and, therefore, in a vacuum atmosphere that is only 
slightly above condenser pressure. To reverse, steam is 
admitted to the astern blading instead of the ahead blad- 
ing* With this arrangement, the windage losses during 
ahead operations caused by the astern blading rotating 
backwards in the low-pressure (and hence low-density) 
steam are acceptable* When operated in the astern mode, 
the windage losses caused by the ahead blading turning 
backwards are relatively high, but of little consequence 
since astern operations are infrequent and of short du- 
ration* 

Several attempts have been made to design gas turbines 
with a reversing capability, but no practicable design has 
been developed. One such attempt was a project spon- 
sored by the Maritime Administration in which the shanks 
of some of the ahead blading were shaped to form astern 
elements* In that arrangement the turbine efficiency 
proved to be low, and the astern elements unduly compli- 
cated the design. In propulsion applications, therefore, 
gas turbines require a supplementary reversing capabil- 
ity, which can be in the form of a reversing reduction 
gear, a reversible hydraulic coupling, a reversing electric 
drive, or a controllable-pitch propeller* 

Reversing reduction gears are designed to reverse the 
direction of shaft rotation by following a series of discrete 
steps [20]. First, the engine throttle is reduced to idle in 
preparation for reversing. Next, when the shaft speed has 
reduced such that the torque in the main engine output 
shaft is minimal, the ahead drive train is decoupled and 
the reverse drive train is coupled. And finally, the throttle 
is increased to drive the reverse train. In many reversing 


reduction gear arrangements, friction clutches or brakes, 
which permit relative motion between the connected 
shafts, or slip, are used to control and compensate for any 
difference between the speed of the driver shaft and that 
of the engine input shaft during the transition period as 
the drive trains are reversed. This process requires the 
absorption and dissipation of a large amount of kinetic 
energy in a brief period of time* Reversing reduction 
gears have also been designed with hydraulic couplings 
that have a reversing capability* Hydraulic couplings in- 
herently slip; therefore, in applications that require ex- 
tended periods of operation in a maneuvering mode; the 
efficiency loss may be a serious concern. When operating 
in a cruising mode, as at sea, the hydraulic coupling is 
bypassed and the main engine is directly connected to 
the propeller [21]* Reversing reduction gears have been 
proved feasible up to substantial power levels* 

Electric drives are reversed by dynamically braking the 
propulsion motor and energizing the electric motor in the 
reverse direction* 

Controllable-pitch propellers provide a more responsive 
reversing capability than do the alternatives. Controlla- 
ble-pitch propellers are more complex and understandably 
more expensive than fixed-pitch propellers, but their de- 
sign has evolved such that they are reliable. Notwith- 
standing the additional expense, controllable-pitch propel- 
lers are sometimes used in conjunction with prime movers 
that are cumbersome to reverse and in applications where 
maneuverability requirements are severe (e*g., some tug- 
boats, vessels that frequently pass through locks, or ves- 
sels that can avoid the necessity for tugboats when pro- 
vided the additional maneuverability). Controllable-pitch 
propellers are discussed in further detail in Chapter 10* 

Auxiliary equipment* Considerable auxiliary equip- 
ment is needed to support the propulsion system and to 
provide other ship-support services. Since, in many in- 
stances, there is a choice when selecting the type of prime 
mover for the auxiliary equipment, interrelations between 
the auxiliary equipment and the main propulsion plant 
must be considered to ensure that the overall ship is de- 
signed in the most effective manner. 

Many powered auxiliaries can be driven by either steam 
or electric power* If the main engines are driven by steam, 
or if steam is generated by waste heat, or is needed for 
cargo services, it may be desirable to also drive some 
auxiliaries by steam. Examples of such steam-driven aux- 
iliaries include main feed pumps and forced-draft blowers 
on naval ships and cargo and ballast pumps on tankers. 
However, for many diesel plants and most gas turbine 
plants, where steam is not readily available, electrically 
driven auxiliaries are usually more appropriate* Also, 
some auxiliaries, including electric power generators, may 
be driven by the main propulsion engine through power 
take-off drives* 

During the preliminary design stage, it is a marine engi- 
neer's responsibility to select the type of drives for the 
powered auxiliaries and to establish the arrangements 
and tentative ratings for the auxiliary equipment* To en- 
sure an acceptable degree of reliability, redundancy is 
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provided for some vital auxiliary services. For some func- 
tions, the redundancy may be in the form of a standby 
duplicate of the operating unit. This may be an appro- 
priate provision for services such as lubricating-oil pumps, 
coolers, strainers, and fueboil service pumps. For some 
items, redundancy may be provided by having two or more 
units connected in parallel for normal service so that, upon 
the failure of one, the ship may continue to be operated, 
but at reduced power. Additional means of providing re- 
dundancy include arrangements where standby service 
is provided by emergency connections to units that are 
primarily installed for other purposes. Using the ship's 
firemain for some emergency cooling-water applications 
is an example. 

When specifying the ratings of auxiliary equipment, 
marine engineers must use prudent judgment. The speci- 
fied rating must include a margin that is added to the net 
calculated performance requirements to allow for subse- 
quent minor adjustments and refinements in the plant 
design, as well as for performance degradation in service, 
but reasonable precautions should be taken to avoid re- 
quirements for unusable excess capacity. The efficiency 
of many mechanical components significantly declines 
when operated away from the design rating. Also, while 
it may appear to be good practice to maintain large equip- 
ment margins until the design is firm and it is known with 
certainty that the design rating can be reduced, such is 
not the case. By the time the ship design has progressed 
to the point that the required ratings of some components 
are accurately known, interfacing elements aboard ship 
may have been designed to accommodate the oversized 
units. 

To support the development of a machinery layout, ap- 
proximate outlines of all major auxiliaries are required, 
and some insight concerning the dimensions of even the 
minor items is needed. The degree of accuracy required 
in the preliminary machinery layouts depends on the type 
of ship and the compactness of the machinery space. For 
most merchant ships, outline drawings of similar equip- 
ment used on earlier ships are usually of sufficient accu- 
racy for the purpose. At the other end of the spectrum, 
to support, the design of the compact machinery spaces in 
submarines, even during the preliminary design stage, the 
configuration of auxiliaries must often be known within 
inches to support the development of a meaningful space 
arrangement. To do so often requires inputs from prospec- 
tive machinery manufacturers. When that is impractica- 
ble, the marine engineer may be required to knowledge- 
ably estimate the shipboard interfaces and the space 
envelope that the equipment manufacturer must subse- 
quently match. 

As a ship design progresses through increasingly de- 
tailed phases, the characteristics of the auxiliary equip- 
ment become better defined. At the end of the contract, 
design stage, a complete list of the auxiliary equipment 
required, including the number of units, types, and rat- 
ings, must be specified. This information is needed by 
prospective shipbuilders to obtain estimates from equip- 
ment manufacturers and to ensure that there is a clear 


Table 3 

Petroleum fractions and their uses 

Petroleum 


Common Unrestricted 

Fraction 

Classification 

Uses 

Light distillate 

intermediate naphthas 

aviation gasoline 
motor gasoline 
gas turbine fuel 
heating fuel 
diesel fuel 


kerosene 
gas oil 

Heavy distillate 

lubricating oils 

not used as fuel 

residual fuel oils 

boiler fuel 

Residues 

refinery sludges 

refinery fuel 


i 

understanding of the equipment characteristics desired 
by the owner. 

Fuel selection. Coal, uranium, and natural gas play 
important roles in worldwide energy production, but by 
far the greatest proportion of the fuel used by ships is 
liquid petroleum fuel. Virtually all petroleum fuels are 
obtained by fractionating or cracking crude oils, and there 
is a wide spectrum of petroleum fuel oils from which a 
choice may be made. Some of the more important alterna- 
tives are given in Table 3. 

In general, fuel oils of higher viscosities are less expen- 
sive; however, another major consideration is that higher- 
viscosity fuels tend to have greater concentrations of im- 
purities and harmful constituents. The fuel oil selected 
should be determined on the basis of the lowest overall 
cost, with consideration given to factors such as initial 
costs, handling costs, equipment maintenance costs, and 
additional operational complexity that can be attributed 
to the fuel. The factors to be considered relative to han- 
dling and equipment costs include fuel constituents, types 
of metals that will be in contact with the fuel and with 
the products of combustion, provisions available for fuel 
heating and treating (removal or neutralization of objec- 
tionable constituents), and provisions contemplated for 
corrosion protection and slag removal The fuel quality, 
therefore, can impose additional requirements and con- 
straints on the plant design. 

The ash content, which represents certain incombusti- 
bles present in the fuel, may vary widely depending upon 
the geographical source of the fuel. Both the quantity and 
the chemical composition of the ash can have a marked 
influence on equipment life and performance. Sodium and 
vanadium compounds, which form in the products of com- 
bustion, tend to have relatively low fusion temperatures, 
and consequently can play important roles in the initiation 
and subsequent accumulation of slag formations. Fur- 
thermore, vanadium compounds can be highly corrosive 
at temperatures above their melting points. Therefore, 
sodium and vanadium are objectionable fuel constituents 
in the higher-temperature range. During the combustion 
process the fuel sulfur content is oxidized; and, if the 
temperature of the products of combustion should subse- 
quently become lower than the add dew point, the sulfur 
oxides may be hydrolyzed to form sulfuric acid, which is 
highly corrosive. Consequently, the fuel sulfur content is 
of great importance in the low-temperature range. Also, 
low-quality fuel can, in time, cause a degradation of the 
plant thermal efficiency, with the severity of the degrada- 
tion being dependent upon the type of prime mover and its 
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design parameters. Further details concerning petroleum 
fuels are included in Chapter 12. 

Nuclear-fueled propulsion plants are well suited for 
many naval ships, but have not proved to be economically 
justified for merchant ships. Additional applications of 
nuclear power in merchant ships must await further ad- 
vances in nuclear plant technology and applications. 

The selection of a fuel is a multifaceted process that 
could greatly influence the success of the ship. Analyses 
of life-cycle costs must consider operational complexities 
and maintenance factors associated with a fuel, as well as 
the various aspects of the fuel itself. 

Fuel Consumption. Different types of propulsion 
plants have inherently different thermal efficiencies and 
specific fuel-consumption rates, but specific design fea- 
tures may result in overlaps in the ranges of practical 
plant efficiencies of the different types, A heat balance is 
the fundamental analytical procedure used to determine 
the fuel-consumption of steam plants, and this subject is 
given a detailed treatment in Chapter 2. Fuel-consumption 
data for gas turbines and diesel engines are derived from 
information provided by their manufacturers. 

Generalized fuel-consumption characteristics of various 
types of propulsion plants are shown by Fig. 13, which 
illustrates the relationship between fuel consumption and 
rating for the more common plant alternatives, with recip- 
rocating steam engines included as an historical point of. 
reference. The fuel consumption indicated in Fig. 13 cor- 
responds to the fuel type most suitable for each respective 
plant, and includes that required for the main propulsion 
plant, auxiliaries, and normal hotel loads; no allowance 
has been made for extraordinary service, such as the hotel 
load on passenger ships, cargo heating and tank cleaning 
on tankers, and cargo refrigeration. Also not reflected in 
Fig. 13 is the consumption of lubricating oil, which is 
of minor significance for all prime movers shown except 
diesel engines; for diesels, howe\ T er, lubricating oil is con- 
sumed at the rate of from V 2 % to 1% of the fuel-oil con- 
sumption. This rate may appear small, but lubricating oil 
costs much more than fuel oil and thus amounts to a 
significant percentage of the fuel-oil costs for diesel en- 
gines. Figure 13 illustrates the general fuel-consumption 
characteristics of the various propulsion plant alterna- 
tives; however, because of the different types of fuel used 
by the different power plants, the data cannot be used 
directly for cost comparisons. It is further noted that 
many factors can affect the fuel-consumption data for 
any specific application. 

Once the general type of propulsion plant has been 
tentatively chosen, several design features remain to be 
selected that have the potential of improving the fuel- 
consumption characteristics of the plant. For example, in 
the case of a steam turbine propulsion plant, regenerative 
feedwater heating using extraction steam or reheating of 
the steam in the boiler after a portion of expansion work 
has been extracted in the turbines are among the methods 
by which the thermal efficiency of a steam cycle can be 
improved. In general, trade-off studies are needed to de- 
termine the most appropriate steam cycle. These studies 
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could consider such parameters as boiler superheater out- 
let pressure and temperature, condenser vacuum, main 
turbine efficiency, number of stages of regenerative feed 
heating, and selection of extraction points. 

Trade-off studies for the purpose of improving fuel 
economy should likewise be conducted for gas turbine or 
diesel propulsion plants. Cycles employing diesel prime 
movers tend to have higher thermal efficiencies than 
those using steam turbines, but the overall efficiency of 
a total diesel power plant can nevertheless be improved 
by the use of waste^heat boilers, exhaust-gas turbines, 
and by directly driving major auxiliaries from main-engine 
power take-offs. The principal means of improving the 
efficiency of a gas turbine plant is to recover heat from 
the exhaust gas. The recovery of waste heat is discussed 
further in Chapters 2, 3, and 4. 

Weight requirements. The importance of the weight 
of a main propulsion plant depends upon the particular 
application. In the case of tankers, whose cargo capacity 
is limited by draft restrictions, the weight of the main 
propulsion machinery generally represents that of cargo 
foregone. Some cargo vessels, on the other hand, seldom 
operate at their full-load draft, and the weight of the main 
propulsion machinery, as such, may be mildly advanta- 
geous in that its low location improves the stability of the 
ship. 

Naval vessels tend to have weight and stability prob- 
lems, particularly since the advent of the major emphasis 
on shock resistance and noise control, both of which entail 
significant weight requirements, and the substantial 
growth in the weight of electronic gear. Consequently, 
weight control and reduction are major considerations 
during the design of naval ships, and are of critical impor- 
tance in the design of submarines. 

Representative propulsion plant weights (without fuel) 
are shown in Fig. 14, where the specific weight {the weight 
of the complete propulsion plant per unit of rated shaft 
horsepower) is plotted against shaft horsepower rating. 
Representative propulsion plant weights, with the fuel 
weight included, versus the plant shaft horsepower rating 
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Fig, 1 4 Specific weight of propulsion plants 
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SHIP RATING OF PROPULSION PLANT (THOUSANDS) 

Fig. 15 Weight of cargo ship propulsion machinery plus fuel for a “10,000- 
mile voyage 


are shown in Fig. 15. This plot permits a proper compari- 
son to be made between petroleum-fueled plants and nu- 
clear plants. For the latter, the weight of fuel is not signif- 
icant, 

Costs. The installed cost, which is one of the most 
important considerations when making trade-off studies, 
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Fig, 16 Relative installed coit$ af propulsion plants 


is also the rriost volatile. Propulsion plant price levels are 
strongly influenced by factors such as material and labor 
costs, the similarity of a plant to those previously pro- 
duced, and the manufacturer's existing work backlog. 
Consequently, the installed costs are subject to fluctua- 
tions that depend on the current status of the industry. 
Nevertheless, the approximate relative costs of the vari- 
ous types of plants as they vary with size are illustrated 
by Fig. 16. 

For merchant ships in general, and in some cases for 
naval ships, economics is the underlying consideration 
when evaluating candidate types of propulsion plants. 
Three types of costs must be evaluated: initial costs (e.g,, 
installed costs), recurring costs (e.g., fuel, maintenance, 
and crew expenses), and contingency costs (e.g., most 
aspects of reliability). By applying the present-value con- 
cept, the costs to be incurred in the future can be dis- 
counted and related to their present value so that the costs 
associated with the various design alternatives can be 
totaled and compared on a common baseline to establish 
the most advantageous alternative. There are cases, how- 
ever, where the costs associated with a type of propulsion 
plant are of secondary importance because the ship's mis- 
sion makes a particular type of propulsion plant manda- 
tory. Such is the case with strategic-missile submarines, 
which must have nuclear propulsion to permit extended 
periods of underwater operations. 


Section 4 

Other Design Considerations of Noteworthy Significance 


4,1 General. The main propulsion system may be thd 
most complicated of the shipboard systems; however, the 
importance of other ship systems must also be recognized. 
Their interrelations with the propulsion system and the 
auxiliary systems are essential considerations in the de- 
sign of the propulsion plant In addition, some design disci- 
plines, such as noise and shock, have pervasive effects 


that influence the design of many shipboard systems. Sev- 
eral of the more important design considerations of this 
type, from a marine engineering perspective, are reviewed 
in the following paragraphs. 

4.2 Electric Plant. The analytical procedure used to 
ensure that the electric plant has sufficient capacity to 
accommodate all operational requirements is known as an 
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electric load analysis. An electric load analysis consists 
of an estimation of the ship's electric power requirements 
under a number of operational conditions. As an example, 
for a cargo ship, electric power estimates are typically 
made for the at-sea. in-port, and cargo-handling (transfer- 
ring) operations as well as other conditions that impose 
significant electric loads. An electric load analysis is pre- 
pared by listing all of the electric power-consuming com- 
ponents, along with their respective loads, and applying 
appropriate use or weighting factors to the component 
loads that correspond to a particular operational condi- 
tion. The weighted connected component loads are then 
summed as estimates of the electric power requirements 
for the different operational conditions. 

During the early ship design stages, the scant design 
details available are insufficient to conduct a comprehen- 
sive electric load analysis. Therefore, early estimates 
must be made on the basis of former successful practice, 
SNAME Technical and Research Bulletins 3-11 [22] and 
3-49 [23] provide guidance for the development of electric 
load estimates. 

While it is often technically possible to install a single 
generator of sufficient capacity to satisfy all require- 
ments, multiple generators are normally installed. One 
reason for multiple units is that a single generator failure 
would otherwise incapacitate the entire electric plant; an- 
other is that the part-load (as might occur in port) opera- 
tion of a single generator would be at an excessively low 
power level. Based on the power requirements for the 
various operational conditions, the number and rating of 
the ship-service generators can be selected not only to 
satisfy the peak power require ments, but also to allow 
suitable redundancy of supply and economical operation 
under normal loads. 

Multiple levels of redundancy are provided to ensure 
a continued supply of electrical power. The ship-service 
generators are often sized such that a minimum of two 
equally rated units can satisfy peak load requirements. It 
is considered good practice, and a requirement of some 
regulatory bodies, that one complete ship-service genera- 
tor unit be provided in reserve, of sufficient capacity to 
meet the essential power requirements, including propul- 
sion, under emergency-power conditions. In addition, an 
emergency generator of sufficient capacity to carry emer- 
gency and essential loads is required for the sole purpose 
of maintaining communications, lighting, and control of 
the ship under emergency conditions. The ship-service 
generators and the emergency generator should not be 
located in the same space. 

The conceptual design of an electric plant is necessarily 
linked to that of the propulsion plant. If steam turbines 
are the propulsion plant prime movers, then steam-tur- 
bine-driven or attached (either directly driven by the pro- 
pulsion shafting or by a higher-speed shaft from the re- 
duction gear) ship-service generators would be the logical 
choices. Ships driven by diesels or gas turbines often have 
diesel-driven generators, but attached generators and 


steam-turbine-driven generators, with the steam pro- 
duced in an exhaust-gas boiler, are alternatives. Also, 
some ships have gas-turbine-driven generators. 

For ships that have an electric propulsion drive, integra- 
tion of the propulsion power system and the ship-service 
electric power system may be considered. This is particu- 
larly attractive when the peak propulsion power electric 
load does not coincide with the peak ship-service load, or 
when the ship-service load is large in comparison to the 
propulsion load. 

When an attached electric generator is installed, the 
generator may be sized to satisfy the maximum at-sea 
loads with the ship operating at cruising speed. This ar- 
rangement has the advantage of not requiring additional 
generators to be on line when at sea, and it improves 
overall fuel economy by using the inherently more effi- 
cient main engine to drive the generator, instead of using 
a smaller engine. When there is a large difference be- 
tween the maximum at-sea electrical loads for different 
operating conditions, as with ships that carry refrigerated 
cargo only on some legs of a voyage, an attached genera- 
tor may be sized for the continuous base load, with an 
independently driven generator used in parallel to provide 
the peak -demand load. Several alternative arrangements 
can be used to drive a generator by the main propulsion 
engine. A generator can be attached directly to the engine, 
driven by a power take-off from the reduction gearing (if 
used), or driven by the propulsion shafting. Higher-speed 
generators are smaller and usually less expensive than 
lower-speed generators. 

4.3 Steam System, On most vessels, a supply of 
steam is required to heat spaces and fuel; on some tank- 
ers, steam may also be needed for cargo heating. The 
quantity of steam required depends on the type of vessel 
and the service for which it is intended. If the vessel is 
driven by steam turbines, the steam supply is easily taken 
from the main steam system. For diesel or gas turbine- 
driven ships, boilers are required to provide the steam. 
Often, in diesel or gas turbine plants, the heat in the 
hot exhaust gas from the main engines is recovered by 
passing the exhaust gases through an exhaust-gas boiler 
designed for this purpose. Such a boiler may also be pro- 
vided with an oil burner to make up for any heat defi- 
ciency, and to operate in port when the main engines are 
secured. 

For some tankers a large steam capacity is required to 
beat the cargo, and rather large quantities of hot water 
are sometimes required for cleaning the cargo tanks. The 
ratings of boilers for steam-driven tankers may need to 
be increased well above that required for propulsion pur- 
poses for this additional load. If the tanker is driven by a 
diesel engine or a gas turbine, a large boiler may be re- 
quired especially for this auxiliary steam purpose. 

4.4 Hull Machinery and Cargo Syttemt. The steering 
gear and the bridge control of the steering gear are essen- 
tial for the safe operation of a ship, and the regulatory 
bodies consequently require that redundant power capa- 
bilities and controls be provided for these functions. Be- 
cause of the complexity of the flow of the water over 


26 


MARINE ENGINEERING 


the rudder during maneuvers, the required rudder torque 
cannot be reliably predicted with accuracy; in some cases, 
the margin of error can be rather large. The torque re- 
quired of the steering gear to operate the rudder is, there- 
fore, estimated by using semi-empirical methods in com 
junction with experience factors derived from full-scale 
torque measurements [24,25]. Rudder-torque tests are 
sometimes conducted on a ship model, particularly for 
higher-speed naval ships; but because of the low Reynolds 
numbers inherent with such model tests, the results are 
often suspect. Consequently, good judgment requires that 
a prudent margin be incorporated when selecting the size 
and rating of the steering equipment 
After the integrity of the hull, the assured availability 
of the main engines, and the reliability of steering, many 
mariners would next value the effectiveness of the an- 
choring equipment Anchoring equipment is normally 
used to secure a ship in a protected roadstead while wait- 
ing berth clearance and in other similar circumstances; 
however, in many emergency situations, anchoring be- 
comes of vital importance. If the main engines should fail 
while the ship Is in restricted waters, the ability of the 
anchor to hold could prevent the ship from being driven 
aground or into traffic channels. 

Cargo-handling costs are one of the most significant 
operating expenses for a merchant ship; therefore, the 
cargo-handling operations must be analyzed in conjunc- 
tion with the total ship system to establish the most cost- 
effective overall design. Cargo handling system designs 
vary widely depending upon the type of cargo handled, 
but some of the more common systems are as follows: 

* Tankers generally are fitted with piping systems 
and pumps to load and discharge the cargo, with 
small cranes to handle hoses from shore, and with 
tank-cleaning machines and inert-gas generating 
systems. Many tankers are fitted with cargo-heating 
systems. 

* Break-bulk cargo ships are fitted with cranes (or 
booms) for loading and discharging cargo. 

* Containerships may be fitted with cranes to handle 
cargo containers, although most containerships rely 
exclusively on s ho reside cranes. 

* Many containerships and break-bulk cargo ships 
have “roll-on/roll-off" (RO/RO) features, which are 
systems of ramps and, sometimes, elevators that 
enable tractor-trailer vehicles to be driven into place 
aboard the ship and driven off. 

« Most dry- bulk carriers depend on s ho reside facilities 
for cargo loading and discharge, but some bulk carri- 
ers have sel Tunloading features with conveyors be- 
low the cargo holds, or with cranes on deck, to mu 
load the cargo. 

* Barge carriers are fitted with large cranes or eleva- 
tors to lift the barges aboard ship, 

* Refrigerated-cargo ships may carry independently 
refrigerated containers that are connected to the 
ship's electrical supply once loaded on board, or the 
ships may be designed with refrigerated cargo holds 


that are fitted with large cargo-refrigeration 
systems. 

A more detailed discussion concerning cargo-handling op- 
erations is presented in reference 9. 

The relative merits of the alternatives in the design of 
cargo-handling gear, such as hydraulically operated hatch 
covers and special types of cranes, elevators, conveyors, 
and cargo pumping systems, should be rigorously ana- 
lyzed during the preliminary design stage. The space, 
weight, and p^wer requirements of cargo-handling gear 
must be estimated very early in the design of a ship be- 
cause they may have important effects on the deck ar- 
rangement, the size of the electrical generating plant, and 
indeed the configuration of the vessel itself. In addition 
to the equipment directly associated with cargo handling, 
the requirements for associated auxiliary systems such 
as ballasting and deballasting, inert-gas generation and 
distribution, . and hose-handling (which may require 
cranes) must be analyzed. 

4.5 Automation. Automation can be defined as an ap- 
paratus, process, or system that is self-acting or self- 
regulating generally through the employment of mechani- 
cal or electrical devices that take the place of human ob- 
servation, effort, and decision making. This is done 
through the application of various control schemes gener- 
ally referred to as ‘"closed-loop" or “open-loop" controls. 
A closed- loop control system maintains the desired opera- 
tion by comparing the actual output (the controlled vari- 
able) to the desired output (the set point). The difference 
between the actual and desired outputs creates an error 
signal. That error signal is fed back to the control ele- 
ments, which act upon it to reduce the error signal within 
an acceptable tolerance band. Such a system is self-regu- 
lating. Open-loop control systems do not employ the feed- 
back principle. A simple switch is an example of an “open- 
loop" control. Open-loop controls are used in automated 
systems where system operation can be predicted with 
a high degree of certainty. For example, engine room 
ventilation fans are often driven by two-speed motors 
which, if started across the line on high speed, might 
impose an unacceptably large voltage dip on the electrical 
distribution system. An open-loop control scheme could 
be devised which, upon depression of the “fast-speed" 
pushbutton, would cause the motor to start on low speed 
but, after sufficient time has elapsed for the fan to accel- 
erate, to transfer to high-speed automatically. In this ex- 
ample there is no automatic comparison of motor speed 
with a set point to ensure that the fan has, in fact, reached 
the desired low speed before the transfer to high speed is 
initiated; this is not necessary because the time required 
for the motor to accelerate can be predicted with a high 
degree of accuracy. Open-loop control systems are self- 
acting but not self-regulating. 

When designing automated systems, in addition to the 
purely engineering considerations involved, marine engi- 
neers must have an appreciation for the skill level and 
training of the crew, the interests of labor unions, and 
the requirements of the regulatory bodies. American-flag 
ships and foreign ships trading in American waters must 
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meet the regulations of the United States Coast Guard 
[26,27,28]. In addition, merchant ships must meet the re- 
quirements of the applicable classification society; Ameri- 
can-flag ships are commonly classed by the American Bu- 
reau of Shipping [29J. 

Automation is an essential and integral aspect of the 
design of virtually all shipboard equipment and systems. 
Automated systems that are self-regulating can hold pro- 
cess variables within very close tolerances— tolerances 
that manual control could not maintain indefinitely. An 
example of such control is the regulation of the voltage 
and frequency of the ship's electrical generators under 
varying load conditions. 

Automation can enhance safety by constantly and si- 
multaneously monitoring hundreds of operational param- 
eters, such as the operational conditions of a propulsion 
plant. Rather than simply displaying raw data, automated 
systems are generally designed to provide information 
that is needed to make a decision during an emergency. 
For example, a collision avoidance radar system warns 
the watch officer of other ships operating in the vicinity, 
automatically computes the course and speed of other 
ships in the area, and displays information giving the 
closest point and time of approach for each target. 

In addition to enhancing ship safety, automated sys~ 
terns serve numerous other functions. Those that monitor 
the stack emissions and the oil content of ballast water 
discharged overboard guard against potential environ- 
mental hazards. Other types of automated systems are 
used to ensure that allowable hull stresses are not ex- 
ceeded because of the improper loading of cargo. More 
mundane yet essential tasks such as spare-parts inventory 
and crew timekeeping are also reliant upon automation 
for effective execution. 

Ship operations can be automated such that the onboard 
crew required to perform routine functions is minimal. 
Automation is an effective means of reducing crew re- 
quirements and hence operating costs for merchant ships; 
however, such is not the case for many types of naval 
ships because trained operating personnel must be avail- 
able in the event that battle damage incapacitates the 
automation system. 

Obviously, as the size of the crew is reduced, there is a 
corresponding reduction in the ability to conduct ship- 
board maintenance. The reliability of ship systems and 
components, therefore, becomes of greater concern, and 
redundancy for vital components is essential. The automa- 
tion concept requires that shipboard equipment be de- 
signed to be highly reliable, and where a sufficient level 
of reliability is not feasible, the equipment must be de- 
signed to be easily replaceable. The routine onboard repair 
of failed equipment is not compatible with a high degree 
of automation. 

Trade-off studies are required to establish the appro- 
priate level of automation for any particular application. 
Factors to be considered include; 

• Reduced costs derived from smaller crew 

* Higher costs associated with more highly trained 
crew 



Fig. 17 Propulsion plant control console in on Enclosed Operating Station 
of early design 


• Higher costs of more sophisticated shipboard 
systems 

• Reduced costs derived from eliminating shipboard 
maintenance 

• Increased costs of shore-based maintenance 
program 

• Reduced costs resulting from more effective opera- 
tions 

A detailed evaluation of these considerations can provide 
guidance concerning the desirable level of automation for 
a specific instance. 

Automated shipboard systems have generally been de- 
veloped within distinct disciplines: propulsion system,, nav- 
igation, vessel management and cargo control. These have 
remained separate areas because they have minimal func- 
tional overlaps and, for the purposes of this discussion, 
each will likewise be treated separately, 

a. Propulsion systems. One of the first approaches 
used to reduce the size of the engine-room crew was the 
centralization of the indicating devices and manual con- 
trols, such as meters, gauges, and switches, which had 
been located adjacent to the equipment affected. At first, 
the resulting console was relatively small and was placed 
at a convenient location in the engine room, generally near 
the main engine. But, as the size of the console grew to 
include more devices, the console and usually the main 
electrical switchboard were housed in a separate compart* 
ment. That compartment has been designated by various 
names, mast commonly the ‘"Enclosed Operating Station" 
(EOS). 

Figure 17 is a photograph of the propulsion plant con- 
trol console in an Enclosed Operating Station typical of 
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Fig. I S Microprocessor-controlled propulsion plant console 


The failed controller can be removed and replaced under 
power. When a controller is replaced, the primary control- 
ler downloads its configuration (programming) to the new 
controller, and the new controller becomes the secondary 
controller on “hot standby.” 

In addition to the direct monitoring and control of en- 
gine room systems, a microprocessor also provides a 
trending capability. The data collected and stored with 
this capability can be averages, minimums, maximums, or 
samples. Trending can give advance warnings of im- 
pending component failure or other system problems. For 
automated ships that have small crews with limited repair 
capabilities, the replacement of a suspect component at 
a convenient time Is much preferable to an unplanned 
outage. 
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Typical p rap u I si on plant control system schematic 


the early designs of this type. The centralization of con- 
trols onto a single console caused the length of some 
consoles to exceed 25 ft However, on ships of more recent 
design, the control devices shown in Fig. 17 are generally 
replaced by a microprocessor-controlled CRT display and 
keyboard, which results in a more compact console, such 
as illustrated by Fig. 18. 

The fundamental principles of shipboard automation 
are based on computer technology, and this technology 
enables engineers to design truly integrated and auto- 
mated engine room control systems using off-the-shelf 
devices. Figure 19 is a schematic of a typical system lay- 
out, The microprocessor controllers are the principal de- 
vices used to control various processes. Each controller is 
able to receive analog and digital inputs from the field, 
perform processing and alarm checking, perform control 
algorithms, and output to motor controllers, valves, and 
other actuators. Each controller has a one-for-one redun- 
dant controller, and when either controller fails, the other 
controller automatically becomes the primary controller. 


The “operator interface unit” is composed of the CRT 
display, disk drives, and keyboard. Typically two such 
units are located in the engine room's Enclosed Operating 
Station and another on the navigating bridge. Full control 
is possible from either location, and limited control func- 
tions can be provided from the bridge wings, if desired. 
The operator is able to monitor inputs into the system, 
interact with alarms, initiate or terminate control pro- 
cesses, trend data, and log reports at any operator inter- 
face unit. 

The engineering work station, which is located in the 
chief engineer's office, provides restricted access to 
change control modes, set points, and parameters, and to 
reconfigure the graphic displays. 

The microprocessor allows the user to custom design 
graphic displays of the various shipboard systems. These 
displays are dynamic; that is, the values, symbols, and 
colors change to represent the true state of the system 
process. There are two operator interface units in the 
engine room to provide full redundancy at the primary 
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control location. To transfer control from the Enclosed 
Operating Station to the bridge, the EOS must first enable 
transfer and then the bridge may take control. The EOS 
can retake control at any time. 

Steam propulsion plant Control systems that are 
automated in steam-turbine-driven ships include combus- 
tion control, feedwater regulation, steam temperature, 
power-actuated sootblowers, and safety shutdowns and 
alarms. Specific guidance for the automation and control 
of steam propulsion plants is given in reference 30. 

The boiler feed pump is a vital auxiliary and in most 
cases is located remote from the control station. Plants 
equipped for a one-man watch may be provided with 
means for remotely starting the pumps. Most plants have 
steam-turbine-driven feed pumps and their starting re- 
quires a control system that provides the sequential steps 
necessary. Such systems are usually referred to as logic 
systems since they contain the programming required to 
initiate each step in proper order and to check if each step 
is accomplished satisfactorily. Figure 20 is a logic diagram 
showing the steps that might be required to remotely 
start a boiler feed pump; obviously the specific steps in 
such a system vary, depending upon the particular feed 
pump and driver installed 

In the example provided, four inputs to the system indi- 
cate that the power and piping are set up in a ready state. 
With the “permissives” in proper array, the start switch 
may be manually actuated to initiate the starting cycle, 
which begins with the running of an auxiliary lube-oil 
pump. The establishment of normal lube-oil pressure per- 
mits the sequence to continue and energize a gland-seal 
control valve motor operator. If a proper lube-oil pressure 
is not obtained within a specified time {time delay unit) 
the procedure stops, an alarm is sounded, and the cause 
of the failure is usually indicated 
The described system is a relatively simple one; how- 
ever, if the desire for automatic operation is extended, 
the system required can become highly complex. In the 
example given, the system was kept reasonably simple 
by requiring manual setup for certain valves and power 
supplies, and manually initiating the starting sequence. 
Where an unattended watch is desired, the automatic 
start-up of a standby unit in the event of a failure of an 
operating unit would also be necessary. Such a feature 
would have to include the ability to designate which of 
the installed units will operate and which will serve in a 
standby status. 

For an unattended boiler, additional protective features 
are also required to monitor the critical conditions. To 
substitute for the fireman's eye, each burner is equipped 
with a flame detector. The detectors are sensitive to the 
ultraviolet emission from the flame, and automatically 
shut off the fuel and trigger an alarm in event of a 
flameout. 

A more detailed description of boilers and their opera- 
tion, including automation features, is included in Chapter 
5. 

The main propulsion turbine and gear unit on an auto- 
mated vessel has the following features not provided on 
a nonautomated vessel: 


L Remote operation of the ahead and astern throttle 
valves, 

2. Automatic operation of astern guardian and bleeder 
valves* 

3* Extensive monitoring systems. 

4. Remote emergency shutdown. 

The throttle remote-operating system is the major addi- 
tion. Usually there are two remote-control stations, one 
at the control center and one in the wheelhouse. 

The throttle control system may be arranged to also 
accomplish allied functions, such as: 

1. Automatic closing of extraction and opening of 
astern guardian valves upon reduction in power. 

2. Automatic intermittent rotation of the turbine when 
under a stopped-shaft condition* 

3* Throttle closure or modulation upon loss of boiler 
fires, low steam pressure, overspeed, etc. 

Depending upon the plant design and the desired man- 
ning level, auxiliary automatic controls may he provided 
for start-up of standby condensate and lubricating-oil 
pumps, gland-seal pressure control, condensate recircula- 
tion for air-ejector condenser, lubricating-oil temperature 
control, etc* 

The control and monitoring provided for other auxiliary 
systems depend upon the manning level, type of machin- 
ery, and machinery arrangement. The extent to which 
automatic or remote operation is applied is limited only 
by economics. Some of the factors to be considered when 
selecting the desired level of automation for the distilling 
plant, for example, are outlined in Chapter 17. 

Diesel propulsion plant The basic concepts de- 
scribed for a steam propulsion plant are equally applicable 
to a diesel installation; however, the specific instrumenta- 
tion is considerably different. As in a steam plant, there 
are many varied combinations of engines, drives, and as- 
sociated auxiliaries, and each entails requirements for 
control and information systems. 

A diesel engine may be considered a self-contained 
power generator, with the only requirement being a sup- 
ply of fuel, air, and cooling medium* A diesel plant is, 
therefore, less complicated than a steam plant from the 
standpoint of controls. Consequently, it is not surprising 
that diesel-propelled ships operated with two watchstand- 
ing personnel (one less than steam) before the general 
acceptance of the term “automation*” Thus in the case 
of diesel propulsion plants, “automation” relates to two 
levels of watchstanding personnel: one-man and unat- 
tended* 

The throttle control is the prime element in a diesel 
control system. Pilothouse control has been commonplace 
tor some time for smaller engines* Such arrangements 
were simply remotely controlled means to manipulate the 
usual fuel-setting and reversing levers on the engine. Au- 
tomated systems, however, are more sophisticated and 
operate through sequencing devices and interlocks for 
maximum engine protection while permitting bridge per- 
sonnel to maneuver the vessel without concern for engine 
operation. 
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Fig. 20 Logic diagram for boiler feed pump remote s tort-up 

For example, a directly reversible engine control sys- 
tem may accomplish the following sequential steps when 
the control mechanism is given an astern command from 
an ahead position: 

1. Move the fuel control to stop, shutting off fuel and 
removing a blocking device from the reversing 
mechanism, 

2, Move the reversing mechanism to astern, blocking 
the fuel control from the fuel position and position- 
ing the starting air distributor and camshaft brake 
pilot, 

3* Move the fuel control to air start, applying starting 
air, verifying rotation and direction of rotation, and 
removing the fuel block. 

4, Move the fuel control to fuel position, setting the 
governor, and then controlling acceleration in ac- 
cordance with a torque limitation program. 

Automatic controls are provided for various auxiliary 
systems, including fuel oil, lubricating oil, steam generat- 
ing plant (waste-heat and oil-fired boilers), and the electric 
generating plant, as required to support the desired man- 
ning level. 

Specific guidance for the automation of diesel-propelled 
ships is given in reference 31, 

Gas turbine propulsion plant A gas turbine, like a 
diesel engine, is a self-contained prime mover. Gas tur- 
bines require close-tolerance automatic controls to func- 
tion properly; these control systems are an integral part 
of the engine and are normally provided as part of the 


engine package. Adaptation of these controls to suit ma- 
rine automation depends on the propulsion arrangement 
selected to transmit the power to the propeller. However, 
as with a diesel installation, automation principally in- 
volves the provision of remote (engine room and bridge) 
control systems to transmit the command input to the 
engine control system. 

Starting cycles are automatically sequenced* Remote 
start, therefore, involves the selection of the location of 
the remote controls and the information systems required 
to monitor the engine performance. This selection may 
depend to some extent on the degree of automation pro- 
vided for the auxiliary systems, such as the fuel handling, 
lubrication, cooling, and compressed-air systems. The au- 
tomation of gas turbine propulsion plants is further dis- 
cussed in reference 32* 

b. Navigation. The term “automation” is seldom 
used when discussing navigation systems but, in fact, 
advances in electronic aids to navigation have taken the 
place of human observation, effort, and decision making 
in most if not all aspects of ship navigation. 

Radar extends man's vision not only in range but into 
darkness and fog; echo depth sounders provide the depth 
of water under the keel, and sonar maps the contour of 
the bottom. Satellite navigators and other systems such 
as Loran and Decca™ give the ship position and render 
the sextant and chronometer obsolete* The gyro-pilot 
keeps the vessel on the correct heading without the helms- 
man's intervention. Collision-avoidance radar systems act 
as “lookouts” able to automatically acquire and con- 
stantly monitor a number of targets, plot their speeds and 
courses, present these as vectors on the display screen, 
and calculate their closest points of approach to own ship 
and the time before that will occur* An audible alarm 
sounds when any target enters a “guard ring” preestab- 
lished at a selectable radius surrounding the vessel* Such 
systems are often referred to by the acronym “ARFA,” 
which stands for Automatic Radar Plotting Aid. 

On an integrated bridge all electronic inputs — from ra- 
dar, gyro-compass, speed-log, depth sounder, satellite 
navigator, Loran-C, wind-speed/ direction, outside temper- 
ature, and barometric reading — are combined in a com- 
mon control/display. Figure 21 is a schematic representa- 
tion of a typical integrated bridge system. All of the 
navigation sensors are connected to a common database, 
and the status of the engine room is conveniently dis- 
played. Figure 22 is a photograph of a typical integrated 
bridge arrangement. This system permits voyages to be 
preplanned from berth to berth and, barring any unfore- 
seen circumstance, the vessel will follow the predeter- 
mined course from way point to way point, making course 
changes without human intervention. In the event of a 
potential collision, the operator is alerted and an alterna- 
tive course to a new way point is computed. 

c, Vessel management. The same computer used in 
the navigation or engine-room automation packages can 
also be used, with appropriate software, to enhance vessel 
management* A typical application is a spare-parts inven- 
tory system, which can record and control spare- parts 
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Fig. 21 Integrated bridge system 



Fig. 22 Typical integrated bridge arrangement 


availability not only on an own-ship basis, but on a fleet- 
wide basis as well. Duplicate databases often are main- 
tained in the shore office and on the ship to provide an 
accurate control of supplies* Another example is a planned 
maintenance program, which is also designed to control 
maintenance activity on a fleetwide basis. With a reduced 
crew, maintenance is often accomplished while in port by 
shore-based personnel or bv trained riding crews that are 
brought aboard and ride the ship as necessary" to carry 
out planned maintenance. The coordination of the avail- 
ability of the riding crews, the ship's schedule, the re- 
quired parts, etc. is accomplished using the onboard com- 
puter. Specific guidance concerning the planning and 
scheduling of maintenance operations, procedures for the 
maintenance and testing of machinery components and 



control systems, and other maintenance-related activities 
for propulsion plants can be found in reference 33. 

d. Cargo control. Just as with engine-room automa- 
tion systems, cargo automation systems are microproces- 
sor based* On tank vessels mimic displays of pumps and 
valves are enhanced with real-time status information of 
that equipment, which appears on the same screen with 
tank ullage data* 

Tank-level information can be automatically transmit- 
ted to a loading computer that calculates the ship trim 
and stability and hull stresses during the cargo loading 
and unloading operations. On tankers and on other types 
of cargo ships, such as containerships and RO/ROs, load- 
ing sequence data can be entered manually, to explore 
any potential adverse effects on a planned loading 
scheme, before actually taking on cargo. 

4,6 Noise. The control of noise is an important con- 
sideration during the design of most types of ships. Noise- 
control initiatives must often begin during the conceptual 
design stage and continue through the detail design pro- 
cess* Naval combatant ships, particularly submarines, re- 
quire the most rigorous noise control design criteria; how- 
ever, the control of noise must be considered to some 
degree in all ships, including small craft. Design decisions 
that range from ship arrangements to detailed material 
selections can have an effect on a ship's noise character* 
is ties. 

Noise is conventionally categorized by the way it is 
transmitted from a source to a receiver, as illustrated by 
Fig. 23. In the most common form, noise is transmitted 
through the air and is called airborne noise* Where voice 
communications are essential, airborne noise is undesir- 
able, and provisions must be made to limit such noise to 
a tolerable level. On large ships as well as small craft, 
audible navigation signals such as bells, whistles, and 
foghorns must be heard above the normal shipboard air- 
borne noise levels. In machinery spaces and other spaces 
that characteristically have high noise levels, airborne 
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noise must be limited to an acceptable level to avoid watch- 
stander hearing damage; otherwise, the watchstanders 
must use hearing protection. On cruise ships, the control 
of undesired airborne noise in passenger quarters and 
lounge areas Is a strict requirement to maintain passenger 
comfort, 

A second mode of noise transmission is through the 
vibration of structure, and noise transmitted in this man- 
ner is known as structurebome noise. This type of noise 
Is transmitted through bulkheads, decks, foundations, pip- 
ing, or machinery components. Structurebome noise that 
occurs at low frequencies may not be heard by personnel; 
however, this type of noise can affect passenger comfort. 

Noise in a third mode — through the water— is called 
waterborne noise. Since this type of noise is radiated from 
a ship, it is also known as radiated noise. Radiated noise 
results primarily from structurebome noise that is trans- 
mitted to the hull, but it can also be generated from flow 
over discontinuities on the hull or from other external 
sources such as propeller cavitation* Radiated noise Is 
a significant concern for combatant ships, particularly 
submarine and antisubmarine warfare, because it can re- 
veal a ship's location as well as impair the ability of the 
ship's own sonar system to detect noise from other 
sources. 

The level of attention given to noise control during the 
design stage depends upon the type of ship under consid- 
eration. A ship that is intended to transport cargo, for 
instance, would be expected to incorporate the degree 
of airborne noise control necessary to prevent hearing 
impairment of the crew, to provide an acceptable environ- 
ment for crew rest, and to ensure effective speech commu- 
nications where required for the safe operation of the 
vessel* Consideration of structurebome noise would be 
directed only at vibrations that affect the function of 
equipment and machinery or the health of personnel or 
that which might cause structural fatigue* Waterborne 
noise would likely not be considered. A cruise liner would 
be expected to require provisions for a pleasant environ- 
ment in all passenger spaces, and would, therefore, re- 
quire considerable attention to airborne and struc- 
tureborne noise design details. The noise control 
requirements associated with submarines go well beyond 
those necessary for any other type of ship. In their case, 
state-of-the-art equipment and design techniques are nec- 
essary 7 to meet the rigorous standards for airborne, struc- 
tureborne, and waterborne noise. 

When designing a ship to meet particular noise require- 
ments, a number of options are typically considered* 
These range from the selection of individual components 
to structural design and space arrangements. For in- 
stance, when considering the trade-offs associated with 
particularly noisy equipment, it may be advantageous to 
arrange spaces that require low noise levels away from 
spaces containing the noisy equipment* Alternatively, ap- 
plications of noise treatments such as vibration isolation 
or the use of acoustic enclosures may be considered. Fi- 
nally, the procurement of specially designed quiet compo- 
nents may be possible. The various considerations that 


the control of noise entail are discussed further in Chapter 
13. 

4.7 Shock* Shock loadings resulting from noncontact 
underwater explosions are major design concerns for na- 
val combatant ships and affect the space requirements, 
weight, and arrangement of the ship as well as the basic 
design of equipment. Components that are critical for con- 
tinued ship operation and watertight integrity after shock 
loadings must be designed accordingly* Shock analysis 
techniques and the procedures used to confirm the shock 
resistance of equipment have become increasingly sophis- 
ticated and accurate. Computer programs and modeling 
techniques have been developed that continue to decrease 
the cost and time required to conduct dynamic shock anal- 
yses* On the other hand, the cost and time required to 
conduct noncontact explosion tests continue to increase. 
This trend is primarily because of the environmental con- 
cerns involved with explosion tests and the continuing 
increase in the sophistication of such tests* 

Before I960, most shipboard equipment intended to be 
shock resistant was designed using the static “g” method. 
With this method, the applied static load is the product of 
an acceleration factor times the component weight and is 
applied at the center of gravity of the component. The “g” 
level depends on the direction of the shock loading relative 
to the ship and the component's weight, but not on the 
component's natural frequency. No consideration is given 
to the dynamic interactions between equipment elements. 
When used, the design “g" levels are stated in the ship 
specifications. 

The inadequacies of the static “g" method led to the 
development of the Dynamic Design Analysis Method 
(DDAM) [34,35,36,37]. DDAM was formulated to repre- 
sent more closely the dynamic interaction of the equip- 
ment and the ship structure. DDAM is basically a simpli- 
fied modal analysis method with shock inputs empirically 
derived from underwater explosion tests. It is assumed 
that the equipment and its foundation together make up 
a system that responds as a linear elastic structure to the 
known motion of a “fixed base,” with the “fixed base" 
being the deck, hull frame, or shell of the ship. The motion 
of the ship's deck, frame, or shell can be characterized in 
terms of a design shock spectrum* This spectrum can 
distinguish between shock direction (fore and aft, 
athwartship, or vertical), ship type (surface or submarine), 
and location within the ship (deck, hull frame, shell). Thus, 
the steps followed when conducting a DDAM are to (1) 
consider the equipment as an elastic system, (2) determine 
the normal modes and natural frequencies of this system, 
(3) compute the response of each normal mode to the 
design spectrum, and (4) superpose the resultant re- 
sponses. 

The DDAM procedure takes into account the shock 
loads applied to shipboard equipment by the motion of the 
ship structure itself* The design spectrum was developed 
from experimentally measured ship motions resulting 
from underwater explosions, but the spectrum is applica- 
ble to interior equipment only. Exterior, wetted equip- 
ment that is outside the hull is subjected to a different 
environment. Sonar transducers, rudders, control planes, 


BASIC CONCEPTS 


33 


auxiliary propulsion systems, and hull penetrations are 
typical equipment that must also be designed to withstand 
the direct pressure loading of the shock wave from the 
underwater explosion. 

Underwater shock analyses of externally wetted com- 
ponents can be conducted using a method that is based on 
one-dimensional fluid/structure theory of the motion of 
ah air-backed or water-backed plate loaded by an exponen- 
tial plane wave* From the component response the aver- 
age acceleration can be determined and applied to the 
component's center of gravity. This approach assumes 
that the mounting of the component is very stiff and re- 
sults in high accelerations* This method Is conservative, 
but it may be used to design hull penetrations because 
the consequences of a leak in a ship hull are considered 
to justify a conservative approach. For wetted compo- 
nents that are flexible, however, the method is excessively 
conservative and indicates significantly higher loads than 
those experimentally measured. As a consequence, a 
static “g” approach is generally used for the design of 
flexible external components, with the “g” levels deter- 
mined from experience. 

The need for rigorous procedures that can be used to 
analyze and design wetted components has been recog- 
nized, and research sponsored by the Defense Nuclear 
Agency has resulted in the development of several com- 
puter codes for undemater shock analysis* One of the 
most useful of these computer codes is the Underwater 
Shock Analysis (USA) Code [38]* This code is based on the 
D<Jubly Asymptotic Approximation [39], which is efficient 
and cost-effective in the solution of the shock problem. 
The USA code can be used to model a shock wave that 
has any arbitrary pressure-time history, and can be used 
to determine the response of a total ship or a component 
of .a ship. The component can be completely or partly 
submerged, air-backed (such as the hull of a surface ship 
or the pressure hull of a submarine), or water-backed (e.g., 
the non-pressure hull of a submarine). 

During the conceptual design stage, when the effects 
of shock loadings must be acknowledged and preliminary 
shock design criteria developed, the information available 
is insufficient to permit detailed shock analyses to be 
made; for this reason, the sizes of equipments and their 
foundations are generally approximated based on previ- 
ous experience and engineering judgment* 

At the beginning of contract design, a Doubly Asymp- 
totic Approximation analysis of the entire ship may be 
performed to determine the shock spectra for input to 
DDAM for external equipment* This analysis may also be 
used to determine the shock spectra for internal equip- 
ment, or a predetermined spectrum may be used. 
Throughout the contract design stage, static “g” calcula- 
tions are used to determine the approximate size and 
weight of equipment* Only during detail design, when 
specific information becomes available, can the majority 
of the shock analyses be performed. DDAM is used to 
design the foundations of both internal and external 
equipment. Hull penetrations are designed using exponen- 
tial plane wave theory, because the “blast wave” pressure 
is the dominant design criterion* 



Fig. 24 High-impact shock machine for medium weight equipment 


Several methods of qualification are used to demon- 
strate that shipboard equipment has been designed to 
incorporate the desired level of shock resistance. Ordi- 
narily, equipment may be qualified either by dynamic 
shock analysis or by shock testing; however, in some cases 
a component can be shock qualified by extending the appli- 
cability of the qualification of a similar item that was 
previously shock tested. 

Several kinds of shock tests are performed. Military 
specification MILrS-901 [40] describes detailed shock test- 
ing requirements for all equipment on naval surface ships 
and for equipment Installed inside the pressure hull of 
submarines* Equipment subjected to the tests of M1L-S- 
901 are categorized by weight as lightweight, medium- 
weight, or heavyweight Items. Lightweight and medium- 
weight items are tested on shock testing machines; a medi- 
um-weight shock test machine is shown in Fig. 24. Heavy- 
weight items are subjected to noncontact underwater ex- 
plosion tests while installed on the deck of a floating 
barge. The test arrangement of a floating shock platform 
is indicated by Fig. 25. 

Critical components that penetrate the pressure hull of 
submarines are subjected to higher levels of underwater- 
explosion shock-qualification tests. These hull-integrity 
items are tested on submerged test vehicles that are rep- 
resentative of the ships on w r hich the components will he 
installed. The detailed test requirements for hull-integrity 
components are defined in the specifications for particular 
ships. 

Equipment installed external to the pressure hull of 
submarines may also become shock qualified by passing 
underwater explosion tests while installed on the under- 
side of a floating shock platform or while installed out- 
board of submerged test vehicles* 

4.8 Pollution Control. Marine engineers are responsi- 
ble for the design of many ship systems that have the 
potential of causing a degrading effect upon the environ- 
ment; therefore, for such systems the control of harmful 
pollutants, which could be discharged either into the air 
or water from marine vehicles, is a principal design consid- 
eration. Most notable among the potential sources of pol- 
lution are the cargo-oil piping and ballast systems on 
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crude-oil tankers, but other potential sources such as bilge 
systems, sewage systems, and the stack emissions from 
engines and boilers also require a rigorous analysis from 
this perspective. 

Local governments commonly impose highly restrictive 
limits on the permissible discharges from ships. These 
regulations generally preclude discharges into the water 
and require that special clean fuels be burned while in the 
restricted areas to avoid affecting the air quality. The 
absolute prohibition of discharges into the water requires 
that the substances be either retained aboard ship or 
transmitted to shore facilities. 

International organizations have taken an active inter- 
est in ship discharges that contaminate the ocean environ- 
ment, particularly the discharge of oil. The International 
Convention for the Prevention of Pollution of the Sea by 
Oil, 1954, was one of the most significant early efforts. 
However, this effort, was superseded by the International 
Convention for the Prevention of Pollution from Ships, as 
modified by the Protocol of 1978, which is known as the 
MARPOL 78/78 protocol, and went into force in 1983, The 
MARPOL 1973/1978 protocol prohibits the discharge of 
various pollutants, from marine vehicles, except under 
specified conditions. In the case of oil tankers, the dis- 
charge of oil or oily mixtures is prohibited except when 
all of the following conditions are satisfied [41,42]: 

(i) The tanker is not within a special area. "Special 
areas 0 are specifically designated, somewhat con- 
tained bodies of water such as regions of the Medi- 
terranean, Baltic, Black, Red and Caribbean Seal 
While in these areas, oil and oily mixtures must 
be retained on board, 

(ii) The tanker is more than 50 nautical miles from 
the nearest land, 

(iii) The tanker is proceeding en route. 

(iv) The instantaneous rate of discharge of oil content 
does not exceed 60 litres per nautical mile. 


(v) The total quantity of oil discharged to the sea 
from new tankers does not exceed 1/30,000 of the 
total quantity of the particular cargo of which the 
residue formed a part. This requirement prohibits 
the discharge of a large total quantity of oil, even 
when dispersed over a large area. 

(vi) The tanker has in operation an oil discharge moni- 
toring and control system and a slop-tank arrange- 
ment, The monitoring and control system is used 
to measure and continuously record the oil content 
and rite of discharge. If the oil content exceeds 
the permissible level, the discharge must cease. 

To limit the amount of oily-water mixtures that are 
created aboard ship, the following are among the restric- 
tions placed upon the design of oil tankers. 

• Segregated ballast tanks, that is, tanks which are 
designed to carry ballast water only, are required in 
appropriate size and location to require no ballast 
water to be carried in cargo tanks except possibly 
under extreme weather conditions. 

• Slop tanks must he provided for the retention of oily- 
water mixtures. 

■ Crude-oil washing provisions must be provided. The 
amount of sludge that accumulates on the structure 
and bottom of the crude-oil tanks can be reduced by 
dislodging the sludge residue with a spray of the 
cargo oil itself . By using cargo oil, instead of seawa- 
ter, as the spray medium, a higher percentage of the 
cargo oil is delivered. Also, a smaller amount of oily- 
water mixture and sludge must be handled aboard 
ship. 

MARPOL 73/78 prescribes requirements, which are 
similar to those for oil tankers, that are applicable to 
tankers that carry noxious liquid substances in bulk. 

For all ships, the overboard discharge of liquids from 
machinery-space bilges is prohibited except when all of 
the following conditions are satisfied: 

(i) The ship is not within a special area. 

(ii) The ship is more than 12 nautical miles from the 
nearest land. 

(iii) The ship is proceeding en route. 

(iv) The oil content of the effluent is less than 100 
parts per million (PPM), 

(v) The ship has in operation an oil-discharge monitor- 
ing and control system, oily-water separating 
equipment, oil filtering system, or other instal- 
lation. 

Separators and filters are used to process oil-contami- 
nated water bo reduce the oil content. Separators are com- 
monly of the centrifugal type and, to be effective, rely 
upon the difference in density between oil and water, 
Separators are usually designed to provide an effluent 
with a maximum oil content of 100 ppm. Filters, which 
may be operated in concert with separators, are usually 
designed to produce an effluent with a maximum oil con- 
tent of 15 ppm. 
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The MARPOL 73/78 protocol prohibits the discharge of 
sewage into the sea except for comminuted and disin- 
fected sewage, which must be discharged at a distance 
more than 4 nautical miles from the nearest shore; sewage 
that is not comminuted and disinfected must be dis- 
charged at a distance greater than 12 nautical miles from 
shore. In either case, sewage discharges must be made at 
a moderate rate, while the ship is en route at a speed of 
at least 4 knots, and the discharges must leave no visible 
evidence in the surrounding waters. In addition to sewage 
handling and treatment provisions, this regulation, in ef- 
fect, requires that a sewage collection and holding tank 
be provided to hold sewage while the ship is near shore 
or in other regions where discharges are not made; the 
holding tank is subsequently discharged either to shore 
facilities while in port, or at sea in an appropriate manner. 

Among the most significant pollutants discharged to 
the atmosphere are the following: 

» Chlorofluorocarbons, such as used in some air-condi- 
tioning and refrigeration systems, which tend to de- 
plete ozone when released to the atmosphere. 

* Volatile organic compounds that are released from 
crude oil. 

■ Products of combustion resulting from the incinera- 
tion of garbage and other shipboard wastes. 

# Sulfur oxides (SG 2 ) and nitrogen oxides (NO*), which 
are in the exhaust emissions from engines and 
boilers. 

The treatment of exhaust gases to remove oxides of 
sulfur and nitrogen after they have formed requires the 
use of equipment that is both bulky and expensive. In 
many cases the preferred means of reducing the sulfur 
oxides in the exhaust gases, for example, is to use low- 
sulfur fuel, even though it is generally more expensive. 

Details concerning the measures taken to control the 
discharge of pollutants from naval ships are contained in 
reference 43. 

4.9 Design for Production. Because of pressures to 
reduce ship construction costs without adversely affect- 
ing product quality, there is an increased emphasis on the 
adoption of design practices that facilitate ship production 
procedures. Both the technical content and the manner in 
which design data are presented can affect production 
costs. For example, the use of standard construction ele- 
ments and components clearly simplifies construction pro- 
cedures. Also, the use of computer-aided manufacturing 
applications that are effectively linked to computer-aided 
design systems can be used to reduce manufacturing 
costs. 

As indicated by Fig. 26, when a central computer-based 
product model of a ship is developed, the geometry of the 
ship elements and the material identifications are estab- 
lished during the detail design stage. This geometry can 
be accessed and obtained in a form that is directly usable 
to drive manufacturing tools, such as fabricating equip- 
ment for structural elements, machine tools, and pipe- 
bending machines, either directly from the computer data- 
base or with numerically controlled tapes. By directly us- 
ing design data in this way, the expense of reformatting 


design data is avoided, opportunities for the introduction 
of errors are minimized, and there is increased assurance 
that the data are accurate. 

In addition to the means of presenting the design data, 
the selection of the design details incorporated in the con- 
figuration of ship systems also can significantly affect 
construction costs. For example, by becoming familiar 
with the ship-production strategy during the design stage* 
a design engineer can often locate the required piping 
joints (preferably of the mechanical type, where permit- 
ted) to align with the location of planned construction 
breaks. This practice is an effective means of avoiding the 
expense of unnecessary piping joints while enhancing the 
efficiency of the overall construction plan. 

Marine engineers must have an understanding of the 
ship production strategy to facilitate the development of 
design details that are consistent with the construction 
plan. Key elements of a production strategy are: 

a. Modular construction. To develop a ship design 
that can be constructed at minimum cost, many aspects 
of the construction methods to be used must be reflected 
in the design details [44]. As soon as sufficient design 
information is available to lay out the arrangement of a 
ship, a basic erection plan is developed that defines the 
largest sections of the ship, or building blocks, that will 
be used during construction. The erection plan establishes 
the major construction breaks, or joints, between the ship 
sections. The major construction breaks should not cross 
large components, or complex piping assemblies, because 
their installation would otherwise be delayed until the ship 
sections are joined. For this reason the ship designers 
and the production planners must resolve the locations of 
construction breaks early in the design process. 

With the major construction breaks established, a lay- 
out can be made of the larger components and piping 
runs. Inputs of production planners are again required 
to ensure that the layouts permit the equipment to be 
constructed as modules. Modules are major groupings of 
all elements, including the equipment, distributed sys- 
tems, and often some structure, in a portion of the ship. 
The engine room module illustrated in Fig. 27, which con- 
sists of the product breakdown structure indicated in Fig. 
28, is typical of those used during construction. B^ design- 
ing the ship so that it can be assembled using such mod- 
ules, more of the work can be performed in a shop, or 
other appropriately equipped and supported staging area, 
which requires less work to he done aboard ship. This is 
an effective means of reducing shipbuilding costs, since 
outfitting work performed under such conditions can re- 
quire as little as one-fourth the man-hours required to 
perform the same work aboard ship, 

b. Computer model. When establishing a produc- 
tion plan for a complex ship, a three-dimensional computer 
product model of the ship can conveniently be used as the 
means of communication between ship designers, produc- 
tion planners, and others, with a flow of technical data as 
indicated by Fig. 26. As the ship design is formulated, the 
computer model is begun by laying in the hull structure 
and the arrangement of the major spaces. Thereafter, 
increasingly detailed design data are added to the central 
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Fig H 27 Modular construction strategy 


computer model, beginning with the larger components, 
which are the more difficult to arrange, and those that 
have restrictions on their shipboard position* A compre- 
hensive discussion of the computer system architecture 
appropriate for naval ships is presented in reference 45. 

During the course of developing a ship arrangement, 
marine engineers translate piping diagrams, and other 
design data that concern functional characteristics, into 
detailed construction drawings* Since piping diagrams de- 
fine system features, but not shipboard arrangements, 
marine engineers must ensure that the construction draw- 
ings not only reflect the characteristics indicated on the 
diagrams, but also present an arrangement that can be 


constructed economically and operated and maintained 
effectively* 

Continuing communications are required between the 
ship designers and construction planners as the computer 
model of the ship evolves. Of course, continuing communi- 
cations are also required between the hull, mechanical, 
electrical, and piping designers to ensure that their de- 
signs reflect reasonable compromises. That is, the routing 
of the major systems such as piping, ventilation, and wire- 
way systems must be given priority over the routing of 
smaller secondary runs. This prioritization may require 
that smaller piping runs be rerouted to avoid the necessity 
for bends in larger piping. The continual rerouting of 
piping, ventilation* and wire way systems* which is ex- 
tremely disruptive to the detail design process, can be 
minimized by laying in the larger elements first. 

To maintain the integrity, and thus the validity, of the 
computer model, rigorous procedures must be established 
and enforced to control the means of altering the data in 
the model as the design evolves* Normally, only the^ per- 
son with the primary responsibility for each system's ar- 
rangement is authorized to modify the computer model* 
However, to facilitate communications, read-only privi- 
leges may be provided to those who have secondary re- 
sponsibilities concerning the design. This practice enables 
the ship computer model to be accessed and evaluated by 
all interested parties at their convenience so that sug- 
gested changes can be accommodated with minimal dis- 
ruption. The read-only privileges also permit the data in 
the three-dimensional computer model to be down-loaded 
to applications computer programs to conduct pipe-stress 
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analyses, perform pipe pressure-drop calculations, pre- 
pare pipe-bending instructions, conduct finite-element 
analyses, perform interference checks, prepare numeri- 
cally controlled cutting tapes, ensure material availability, 
prepare working drawings, and serve other purposes. 

c* Standardization. The standardization of material 
selections is of great importance from the perspectives of 
material procurement, ship construction, ship mainte- 
nance, and even the design process itself. While most of 
the advantages of standardized materials in the material 
procurement, ship construction, and maintenance opera- 
tions are obvious, some may not be. In the case of bolting, 
for example, rather than specifying the use of an array 
of steel bolts having the same diameter but with slightly 
different yield strengths and temperature limits, it may 
be more economical to standardize on a reduced number 
of alternatives having only the higher-strength, higher- 
temperature properties. The increased unit material cost 
can be offset by the reduced variety of stock require- 
ments, larger manufacturing lots, and reduced opportuni- 
ties for material misapplications during installation. 

The standardization of component foundation bolting 
patterns also requires special attention. Apparently iden- 
tical components, such as ventilation fans, may not be 
interchangeable unless provisions are made to ensure that 
the pattern of the foundation bolting and bolted connec- 
tions are within tolerance limits. Standardized bolting pat- 
terns can be ensured conveniently by including the re- 
quired bolting pattern, which may be as recommended by 
the equipment manufacturer, in the equipment procure- 
ment specifications. 

The repeated use of standard parts is essential for the 
efficient use of computers in the development of ship 
arrangements, because an excessive effort would other- 
wise be required to create unique computer models for 
numerous similar parts. 

d. Scheduling. Production planners' inputs are also 
required to establish the format and content of the con- 
struction drawings as well as a schedule for their issue. 
When planning the construction of a ship, production plan- 
ners develop a work breakdown structure for the ship. 
The work breakdown structure indicates the plan for con- 
structing the ship, usually beginning with elements that 
are produced by a single construction trade, which are 
often known as Items. Commonly, Items are then com- 
bined to progressively form larger interim products called 
Packages, Assemblies, Modules, and Sections. Finally, the 
Sections are joined together to form the ship. {Some of 
the intermediate stages may be omitted in a logical con- 
struction plan; e.g., some Items are installed directly in 
the ship.) Figures 27 and 28 illustrate the principles in- 
volved in this process. To maintain control of such a com- 
plex task, a Critical-Path Methodology network is com- 
monly used to relate the interdependencies of the various 
activities. The use of such a network ensures that each 
step in the work sequence is completed in time to support 
the next. The network is also used to establish the need 
dates for all drawings and materials, including those pur- 
chased and those manufactured by the shipbuilder [46]. 


e. Scope of working drawings. Individual work 
tasks, which collectively constitute the work breakdown 
structure for the ship, are used to define the scope of the 
working drawings. That is, to facilitate their use by the 
shipbuilder, the working drawings present complete in- 
structions required to perform specific tasks. When con- 
structing a module that is a complete region of a ship, the 
working drawings used to assemble the module would 
include the segments of any piping system (or other dis- 
tributed system) that passes through that region. This 
means that the scope of the working drawings must be 
in agreement with the production plan and requires the 
establishment of a production plan before the working 
drawings are started. As discussed, a central three-dimen- 
sional computer model of the ship arrangement is a conve- 
nient means for production planners to break the ship 
down into the preferred work-package groupings. By con- 
veying this information to the ship designers at an early 
date, any problems that ensue (perhaps concerning the 
availability of purchased equipment) can be resolved, and 
working drawings can be issued that support the produc- 
tion plan. 

4.10 Integrated Logistics Support. For a ship to be de- 
ployed successfully, the ship systems must not only be 
designed to be technically capable of accomplishing their 
intended purposes, but they must also be designed so that 
reliable operation is assured. In addition, provisions must 
be made for system operation and maintenance. For the 
ships of the U.S. Navy, Integrated Logistics Support ac- 
tivities deal with the investigations and supporting data 
required to ensure that the ship systems are always ready 
to be operated as required to support the ship's mission 
[47]. The principal objective is to provide cost-effective 
logistics support throughout the life cycle of the ship. 
Integrated Logistics Support programs may include ele- 
ments such as: 

(a) Design Interface 

(b) Maintenance Planning 

(c) Support and Test Equipment 

(d) Supply Support 

(e) Packaging, Handling, Stowage, and Transpor- 
tation 

(/) Computer Resources Support 

ig) Technical Data 

( h ) Facilities 

(t) Manpower, Personnel, and Training 

The major features of these elements, as prescribed for 
ships in the U.S. Navy, are briefly described in the follow- 
ing paragraphs. Programs having similar objectives are 
also necessary for commercial ships; however, since main- 
taining a defense readiness is not a requirement, the pro- 
gram elements are generally handled in a more limited, 
less expensive manner. 

a. Design interface. Throughout the iterative steps 
of the design process, continuing communications are re- 
quired between the personnel specifying and developing 
the ship's design characteristics and those working in the 
Integrated Logistics Support program. These communica- 
tions are necessary to ensure that the ship is designed so 
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it can be operated and supported in the most effective, 
timely, and economical manner. The major components of 
the Design Interface element include: Logistics Support 
Analysis, Reliability and Maintainability, System Safety, 
and Human Engineering (also known as Human Factors). 

Logistic Support Analysis. Logistic Support Analy- 
sis includes the actions taken to define, analyze, and quan- 
tify logistic support requirements throughout the design 
process. The primary purpose of the Logistic Support 
Analysis effort is to ensure that support considerations 
are given appropriate emphasis during the design of the 
ship and ship systems. Problem areas are identified as 
the design evolves and may require trade-offs with other 
design features. As the design of the ship systems prog- 
resses and becomes firm, the emphasis is shifted to the 
identification of specific ship-support resource require- 
ments. This information is used to plan for, acquire, and 
position the support resources (e.g., personnel and mate- 
rial) required to ensure that readiness requirements can 
be met. Further details concerning Logistic Support Anal- 
ysis Activities are given in MIL-STD-1388 [48], 

Reliability and maintainability . Many aspects of 
reliability and maintainability considerations consist of 
design analyses that result in recommended design modi- 
fications. Therefore, to be of value, these analyses must 
be conducted early. After a system design is complete, 
the implementation of late-developing design changes is 
frequently impracticable. 

The analytical procedures used to assess the reliability 
and maintainability characteristics of ship systems are 
based on a mathematical model that incorporates equip- 
ment failure rates (which are expressed in terms of the 
meamtime-betweemfailures or MTBF), equipment repair 
times (mean-time-to-repair or MTTR), and system op- 
erating scenarios. The reliability assessment process is 
illustrated by Fig. 29. Availability is defined as the proba- 
bility, in random time, that a system or equipment will be 
in an operating condition. The long-term value for avail- 
ability is usually expressed as: 

a i Uptime 

Availability = — — r — — — 

Uptime plus Downtime 

MTBF 

~~ MTBF plus MTTR 

where all time values are usually in hours. An estimate 
of availability may be more relevant than a reliability 
prediction, especially for systems that can be repaired 
quickly and for which an interruption of operation can be 
tolerated. 

To be effective, reliability and maintainability consider- 
ations must be integrated into the ship design process. 
As the ship design is developed, design features can be 
incorporated that reduce the requirements for mainte- 
nance and logistic support, and equipment can be identi- 
fied that degrades the overall system performance. In 
addition to prediction techniques, Failure Modes, Effects 
3-nd Criticality Analyses can also be performed to identify 


potential failure modes and evaluate their degree of sever- 
ity. Formalized procedures for conducting such analyses 
are prescribed in MII^STD 1629 [49], 

System safety. System safety analyses are system- 
atic procedures that are conducted during the ship design 
process to identify and develop resolutions for potential 
safety hazards. The safety engineering effort is focused 
on the ship systems, such as weapon systems for a naval 
combatant, that are of critical importance from a safety 
perspective. Guidelines for the implementation of a sys- 
tem safety program are provided by MIL-STD 882 [50], 
Formalized hazard analysis techniques can be used to 
evaluate the safety aspects of a system design, to ensure 
that equipment will operate safely under all envisioned 
operating conditions. A fault-tree analysis is one such 
technique, which involves the use of a logic diagram as 
shown in Fig. 30 to analyze the possible causes of a spe- 
cific system failure or other undesired event. 

Human engineering. Human engineering (or human 
factors) assessments require an evaluation of man-ma- 
chine interfaces and the optimization of personnel capabil- 
ities and limitations with respect to system design and 
equipment operation. The objective is to ensure that man- 
machine interfaces have been designed in accordance with 
principles that allow systems and equipment to be effec- 
tively and safely operated and maintained. Human engi- 
neering covers a wide range of design and operational 
issues, including ship bridge arrangements, maintenance 
access, environmental issues, automation, manning con- 
siderations, anthropometry, human error reduction, and 
improved training and simulation. 

Guidelines, such as those illustrated by Fig. 31, are used 
to design an operator's work station. While most man- 
machine design issues can be resolved by analyzing con- 
ventional drawings or three-dimensional computer mod- 
els, some complex circumstances require a full-scale 
mock-up. Further details concerning anthropometric 
guidelines for marine applications are provided in A STM 
F 1166 [51] and MII^STD 1472 [52]. 

b. Maintenance planning. Maintenance Planning is 
the process used to develop a maintenance program for 
the life-cycle support of ship systems and equipment, and 
may Include the elements outlined by Fig. 32. The purpose 
of a maintenance program is to increase operational avail- 
ability, extend the time between major overhauls, and 
reduce operating and support costs. The elements of a 
maintenance program include the identification of mainte- 
nance-worthy equipment items, a consideration of the 
maintenance history of similar equipment, an analysis of 
equipment design and performance parameters, and an 
evaluation of maintenance requirements of systems and 
equipment Organizational level (on-ship), intermediate 
level (shore or ship-tender based), and depot level (ship- 
yard) maintenance requirements are identified. The re- 
sulting program provides planned maintenance require- 
ments, which enable the ship operator to efficiently 
schedule repair and overhaul activities over the entire 
service life of the ship. 
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The provisions made for equipment access and remova] 
are an integral part of Maintenance Planning. Mainte- 
nance access control is monitored during the ship design 
process to ensure that access and removal flow paths are 
provided, adequate hatches and access space for equip- 
ment removal and installation are available, and required 
maintenance access is incorporated in the design. Equip- 
ment removal is facilitated by component designs that 
permit rapid connection and disconnection! and by design 
provisions for the removal of obstructing equipment. 
Planned equipment access and removal significantly en- 
hance shipboard maintainability and avoid the necessity 
for making hull cuts to replace equipment. 

Maintainability is enhanced by the use of standard 
equipment and components, which also results in im- 
proved logistics support, reduction of on-board spare 
parts, ready interchangeability, rapid equipment change- 
out during overhauls, and reduced life-cycle costs. 

c* Support and test equipment. The objective of this 
activity is to identify the test, measurement, and diagnos- 
tic equipment and programs required to properly maintain 
equipment and systems. The use of general-purpose, stan- 
dard support equipment is preferred but is sometimes 
not feasible. Highly technical systems, such as weapon 
systems on naval combatants, often require unique sup- 
port equipment. When required, the characteristics of 
support equipment must be identified during the design 
stage to ensure that suitable laboratory and storage space 
is allocated for this purpose. 


d. Supply support. Supply support requirements 
are developed from the Logistic Support Analysis effort 
and include the identification of the supplies necessary" 
for periodic maintenance and repair. Of particular concern 
is the need for support items that are not available as 
standard inventory, and which must be identified early 
for them to be acquired and stocked. 

e. Packaging, handling, storage, and transporta- 
tion. The purpose of this element is to provide technical 
instructions that will ensure the safe packaging, handling, 
storage, and transportation of equipment and repair 
parts. Of particular concern is the protection of equipment 
from deleterious storage environments. Early planning is 
essential for the allocation of space necessary for proper 
shipboard storage. 

f. Computer resources support. The principal objec- 
tive of this activity is to facilitate the standardization of 
the computer hardware and software used aboard ship. 
Standardization improves the maintainability of computer 
resources and reduces their support costs. 

g. Technical data. The design, construction, and op- 
eration of ships require the development of an array of 
technical data. Ship construction drawings, system dia- 
grams, operation manuals, maintenance and repair manu- 
als are examples of such data. The technical data needed 
must be identified during the design stage to ensure that 
it is developed and acquired and to provide suitable stor- 
age space aboard ship. Automated on-board logistic data 
systems provide a means for the electronic storage of 
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Fig. 32 Maintenance program development 


technical data, thereby reducing the stowage volume re- 
quired for hard-copy data* 

h* Facilities. Insofar as practicable, existing facili- 
ties are used to support ships and their systems and com- 
ponents. However, in cases where the existing facilities 
are unsuitable, the requirements for new home-port facili- 
ties or modifications to those existing must be identified 
sufficiently early for them to be available when needed* 

L Manpower, personnel, and training* The two 
principal objectives of this activity are (1) to establish 
the crew size and skUl specialities needed to effectively 
operate and maintain the ship, and (2) to conduct planning 
and crew training sufficiently in advance of ship delivery 
to ensure that these resources are available to support 
initial ship operation. These considerations are signifi- 
cantly influenced by the ship's complexity, operational 
requirements, degree of automation, and maintenance re- 
quirements* 

Crew size is generally determined during the ship de- 
sign process based on the ship's features, manning re- 
quirements for the engineering plant and deck operations, 
equipment maintenance workload and, for naval vessels. 


watchstation requirements for its mission* Social tradi- 
tions can also have an influence, and, in the case of mer- 
chant ships, union agreements must be considered. Cen- 
tralized control of shipboard machinery, automatic data 
recording, electronic performance monitoring, and shore- 
based maintenance support have allowed reduced man- 
ning in merchant ships. However, naval combatants re- 
quire more manpower because of the at-sea battle-station 
manning condition, on-board weapon systems, and the 
greater complexity of naval ship systems* Manning re- 
quirements for naval combatant damage control and re- 
pair functions are not a consideration for merchant ships. 

The necessary skill levels and training requirements for 
ship operating personnel are established by analyzing the 
shipboard systems and establishing the necessity for 
shore-based and on-board training for new equipment. 
Initial training for equipment operation and maintenance 
may be provided by the equipment manufacturer* Perma- 
nent training sites and course materials and training aids 
may also be established to ensure that qualified replace- 
ment personnel will be available to support continuing 
ship operations. 
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Section 5 
Tests and Trials 

* 


The construction of a ship is concluded by a broad array 
of tests to demonstrate that the ship meets contract re- 
quirements. Some of the more simple tests are those of a 
quality-control nature, which are conducted to ensure the 
conformance of material properties to specified require- 
ments, the soundness of castings, dimensional accuracy, 
and other such characteristics* Conducting quality-control 
tests is not peculiar to marine equipment. The more com- 
plicated program of tests and trials that is subsequently 
conducted does, however, reflect the unique requirements 
associated with ship construction. This program includes 
shop tests, installation tests, dock trials and, finally, sea 
trials. 

Tests are preferably scheduled as early as feasible dur- 
ing the ship construction process, because early testing 
allows more time to evaluate and develop resolutions for 
design or material problems with a minimal disruption to 
ship construction. Shop tests for purchased equipment are 
advantageously conducted at the manufacturer's facility, 
where any corrections or adjustments can be expedi- 
tiously handled. A major advantage associated with the 
use of modular-construction methods in shipbuilding is 
the ability to conduct off-ship tests on construction mod- 
ules that may include a number of components and their 
piping connections. 

Shop tests are conducted for purposes such as confirm- 
ing that assemblies are correctly built, verifying strength 
and tightness requirements, and demonstrating that con- 
trols and safety devices are functional and properly ad- 
justed. Components can often be tested more economically 
under shop conditions, and the shop test environment is 
usually cleaner and less congested than that of a ship 
under construction. Components that have restrictive 
noise limits are commonly operated in a noise-test shop to 
confirm that they have acceptable noise characteristics 
before they are installed. After shop testing, components 
are given a protective covering that is not removed until 
installation aboard ship. 

When warranted by technical complexity and risk, land- 
based test sites may be constructed to test propulsion 
plants or combat systems for new classes of naval ships. 
For example, one complete propulsion unit of equipment, 
including the main engines, reduction gear, associated 
couplings, clutches, and the associated auxiliaries and pro- 
pulsion control system, may be tested with water brakes 
used to absorb the power produced. Extensive data are 
recorded to ensure that all system components are prop- 
erly designed and integrated for the lead ship of the class. 

Tests may also be conducted to demonstrate reliability 
and maintainability. Reliability testing is sometimes used 
for developmental items, which have no service history, 
to provide a means of identifying and resolving equipment 
reliability problems early in the development period. Pro- 
totype components are commonly subjected to reliability 


demonstration tests of extended duration in which service 
conditions are simulated. Maintainability demonstrations 
are sometimes conducted to confirm compliance with spec- 
ified maintainability requirements and equipment accessi- 
bility, particularly for complex equipment 
Installation tests are conducted to confirm that the in- 
stallation is in conformance with specified requirements, 
to verify system strength and tightness, to confirm the 
cleanliness of piping systems, to demonstrate adequate 
access for equipment operation, maintenance, and re- 
moval, and to confirm that components and systems func- 
tion as specified. To the extent practicable, all components 
and systems are subjected to operational tests under con- 
ditions typical of those expected in service, to provide 
confidence that the design and construction are sound* 
After the ship is launched and construction is essen- 
tially complete, and after the installation tests have been 
conducted, dock trials are scheduled to establish that the 
propulsion plant and its auxiliaries are ready for sea trials. 
During dock trials, the ship is secured to the pier with 
mooring lines while the main engines are used to drive 
the propeller. The propulsion system is loaded, until a 
limiting condition is reached. With the ship secured to the 
pier, the apparent slip of the propeller is 100 percent, 
instead of the 20 to 40 percent in service, with a resultant 
effect on the power-rpm relationship of the propeller. Be- 
cause of the high-slip conditions, for a given rpm the pro- 
peller develops a substantially higher thrust and torque 
than when in normal service. Consequently, the allowable 
thrust or torque may limit the power that can be developed 
during dock trials. Mooring arrangements and environ- 
mental concerns (e.g., sediment disturbance) may also im- 
pose limitations during these tests. 

Most shipboard components and systems can be sub- 
jected to tests in the shipyard that closely approximate 
service conditions, but there are exceptions. The propul- 
sion plant, anchor windlass, and steering gear are notable 
examples* To the extent practicable, the propulsion plant 
is tested during dock trials. The anchor windlass is also 
tested with the ship moored, but there is not enough water 
depth at pierside to fully test the anchor windlass. There- 
fore, pierside tests are conducted with additional weights 
attached to the anchor to represent the weight of the 
anchor chain payed out during retrievals from greater 
depths. There is no practicable way of demonstrating that 
the steering gear will function properly without taking 
the ship to sea. The most significant unknown element of 
the steering gear performance is the magnitude of the 
torque required to move the rudder while the ship is un- 
deway at full power. Some assurance can be derived from 
model tests, but analytical procedures that have been cor- 
related with full-scale test results are the primary means 
used in the design stage to ensure that a steering gear 
has an appropriate rating. 
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Sea trials are conducted to demonstrate the perform- 
ance and adequacy of those aspects of a ship that cannot 
be realistically tested at pierside. The tests typically con- 
ducted during sea trials are as follows: 

Speed-power standardization tests 

Economy power tests 

Full-power endurance tests 

Ahead steering and maneuverability tests 

Quick reversal astern and head reach 

Astern endurance tests 

Astern steering tests 

Quick reversal ahead and stern reach 

Anchor windlass tests 

Distilling plant tests 

Calibration of navigation equipment 

Since sea trials are the first opportunity to observe 
operation of the propulsion plant and the ship's maneuver- 
ing characteristics , the sea trials are generally conducted 
in phases. The first phase, the Builder's Trials, is con- 
ducted to observe the ship's performance and to identify 
and develop resolutions for any deficiencies noted* The 
shipowner's representatives usually ride the ship during 
the Builder's Trials as observers. There may also be inter- 
mediate phases of sea trials, such as Noise Trials for naval 
ships that have stringent noise requirements. 

Sea trials are concluded by an Acceptance Trial. The 
Acceptance Trial is largely a repeat of the tests conducted 
earlier during the Builder's Trial; therefore, few if any 
serious problems are likely to emerge during an Accept- 
ance Trial. The purpose of Acceptance Trials is to demon- 
strate to the owner that the ship meets the contractual 
requirements. The Acceptance Trials for naval ships are 
conducted under the direction of an Inspection and Survey 
(INSURV) Board, which consists of experienced person- 
nel from various Navy organizations. The INSURV Board 
has the responsibility to verify the proper correction of 
any deficiency observed during earlier trials and to con- 
firm the acceptability of the ship, A similar approach is 
used for the conduct of Acceptance Trials for merchant 
ships* 

Much of the responsibility for the planning and execu- 
tion of ship tests and trials falls to marine engineers, 
who analyze the ship's specifications, invoked standards, 
technical manuals, purchase specifications, system dia- 
grams, and design drawings and develop a test program 
that can be used to demonstrate compliance with all re- 
quirements in an effective manner* To do this, marine 
engineers often prepare test procedures describing the 
tests that will be conducted. Test procedures fully define 
the tests to be conducted, the purpose of the tests, prelimi- 
nary work that must be accomplished before each' test, 
safety precautions to be observed, instrumentation to be 
used, data to be recorded, and all other significant details 
of the tests. A test schedule, which coordinates the se- 
quence of tests with the construction progress of the ship, 
is an important aspect of the test program. References 53 
through 58 contain further information concerning tests 
and trials. 


References 

1 John F. Nichols, “The Development of Marine En- 
gineering/' SNAME Historical Transactions , 1893- 
1943* 

2 Edgar C, Smith, “The Bicentenary of Thomas New- 
comen/' Engineering , July 19, 1929, 

3 A. M* Green, Jr*, Pumping Machinery, , John Wiley 
and Sons, Inc., London, 1919, 

4 Alexander Richardson, The Evaluation of the Par- 
sons Steam Turbine , London, 1911, 

5 C. W* Dyson, “Fifty-Year Retrospect of Naval Ma- 
rine Engineering/' ASNE Journal, 1918, 

6 J. D, Irish and W. S, Brown, “The Environment" in 
Submersible Vehicle Systems Design, E, Eugene Allmen- 
dinger, Ed*, SNAME, 1990. 

7 J. D, van Manen and P, van Oossanen, “Resist- 
ance" in Principles of Naval Architecture , Vol, 2, E, V, 
Lewis, Ed*, SNAME, 1988, 

8 Alexander C. Landsburg, Eric Gabler, George Lev- 
ine, Richard Sonnenschein, and Earl Simmons, “U*S, Com- 
mercial Ships for Tomorrow/' Marine Technology , May 
1990* 

9 Ronald K. Kiss, “Mission Analysis and Basic De- 
sign/' in Ship Design and Construction , Robert Tag- 
gart, Ed,, SNAME, 1980, 

10 J, Harvey Evans, “Basic Design Concepts," ASNE 
Journal , Nov, 1959* 

11 General Specifications for Ships of the U*3* Navy, 
NAVSEA S9AAO-AA-SPN-010/ GEN-SPEC* 

12 Morton Gertler, “A Re-analysis of the Original Test 
Data for the Taylor Standard Series," DTMB Report 806, 
March 1954, 

13 F* H, Todd, G. R, Stuntz, and P. C* Pien, “Series 
60-The Effect upon Resistance and Power of Variation in 
Ship Proportions," Trans . SNAME, Vol* 65, 1957. 

14 D. P. Roseman, The MarAd Systematic Series of 
Full-Form Ship Models , SNAME, 1987. 

15 Roger P. Johnson and Henry P, Rumble, “Weight, 
Cost and Design Characteristics of Tankers and Dry- 
Cargo Ships," Marine Technology , Vol* 2, No. 2, April 
1965, 

16 J. D* van Manen, “The Choice of the Propeller," 
Marine Technology , Vol. 3, No, 2, April 1966* 

17 J. D* van Manen and P, van Oossanen, “Propul- 
sion” in Principles of Naval Architecture , Vol, 2, E* V* 
Lewis, Ed*, SNAME, 1988. 

18 Robert P. Giblon and I* Hilary Rolih, “COGAS: Ma- 
rine Power Plant for Energy Savings/' Marine Technol- 
ogy, July 1979, 

19 Herman C. Schlappi, “An Innovative Energy Sav- 
ing Propulsion System for Naval Ships," ASNE Journal, 
April 1982. 

20 C, L. Stahly, “The Reversing Propulsion Gear/' 
Trans. SNAME, Vol. 77, 1969. 

21 Robert F. Nufrio, “Test and Evaluation of the Re- 
versible Converter Coupling Reverse Reduction Gear," 
ASNE Journal , May 1988. 

22 “Marine Steam Power Plant Heat Balance Prac- 
tices,” Technical and Research Bulletin 3-11, SNAME. 


BASIC CONCEPTS 


45 


23 “Marine Diesel Power Plant Practices," Technical 
and Research Bulletin 3-49, SNAME. 

24 R. L, Harrington, “Rudder Torque Prediction," 
Trans. SNAME, Vol. 89, 1981. 

25 C. L. Crane, H. Eda, and A. Landsburg, “Controlla- 
bility" in Principles of Naval Architecture, Vol. 3, E. V. 
Lewis, Ed*, SNAME, 1988. 

26 “Shipping," Code of Federal Regulations Title 46. 

27 “Navigation and Navigable Waters," Code of Fed- 
eral Regulations Title 33. 

28 “Automated Main and Auxiliary Machinery," Navi- 
gation and Vessel Inspection Circular (NVIC) Nos. 1-69 
and 6-84, U.S. Coast Guard. 

29 “Guide for Automatic and Remote Control Systems 
for Integrated Propulsion Systems," Appendix D to: 
Rules for Building and Classing Steel Vessels , American 
Bureau of Shipping. 

30 “Guide for Centralized Control and Automation of 
Ship's Steam Propulsion Plants," SNAME T&R Bulletin 
3-41. 

31 “Diesel Ship Automation Guide," SNAME T&R 
Bulletin 3-46. 

32 “Guide for Centralized Control and Automation of 
Ship's Gas Turbine Propulsion Plants," SNAME T&R Bul- 
letin 3-29. 

33 “Maintenance Management for Automated Power 
Plants," SNAME T&R Bulletin 3-40* 

34 R. L. Bort, “Assessment of Shock-Design Methods 
and Shock Specifications," Trans . SNAME, Vol, 70, 1962* 

35 “Shock Design of Shipboard Equipment, Dynamic 
Design- Analysis Method," Bureau of Ships, NAVSHIPS, 
250-423-30, May 1961, 

36 R. L. Harrington and W* S. Vorus, “Dynamic Shock 
Analysis of Shipboard Equipment," Marine Technology. 
Vol. 4, No. 4, Oct. 1967. 

37 “Shock Design Criteria for Trident Submarine," 
SUPSHIP Three, 280-8, May 1973. 

38 J. A, DeRuntz, T. L. Geers, and C. A. Felippa, “The 
Underwater Shock Analysis (US A- Version 3) Code: A Ref- 
erence Manual," DNA 5615F, Defense Nuclear Agency, 
Sept. 1980. 

39 T* L* Geers, “Residual Potential and Approximate 
Methods for Three-Dimensional Fluid-Structural Interac- 
tion Problems," Journal , Acoustical Society of America, 
May 1971. 

40 “Shock Tests, H. I, (High-Impact); Requirements 
for Shipboard Machinery, Equipment and Systems/' Mili- 
tary Specification MILrS-901 (Navy). 


41 “International Conference on Marine Pollution, 
1973," Intergovernmental Maritime Consultative Organi- 
zation, 1977. 

42 “Clean Seas Guide for Oil Tankers," International 
Chamber of Shipping/ Oil Companies International Ma- 
rine Forum, State Mutual Books, 1989. 

43 “Pollution Control," Naval Ship's Technical Man- 
ual S9086-TS-STM-010, Chapter 593, 

44 Richard Lee Storch, Colin P* Hammon, and Howard 
Bunch, Ship Production , Cornell Maritime Press, 1988* 

45 Daniel W, Billingsley and J. Christopher Ryan, “A 
Computer System Architecture for Naval Ship Design, 
Construction, and Service Life Support," Trans . SNAME, 
Vol, 94, 1986. 

46 James P* Chappell, “The Application of Critical 
Path Methodology to the Management of Ship Design 
Programs," Marine Technology , Vol. 28, No* 3, May 1991. 

47 “Integrated Logistic Support Programs for Equip- 
ment, Subsystems, and Systems/' Military Standard, 
DOD-STD-1702(NS). 

48 “DGD Requirement for a Logistic Support Analy- 
sis Record," Military Standard, MIL-STD-1388* 

49 “Procedures for Performing a Failure Mode, Ef- 
fects and Criticality Analysis," Military Standard, MID- 
STD 1629 (Navy), 

50 “System Safety Program Requirements,” Military 
Standard, MIL-STD 882 (Navy)* 

51 “Standard Practice for Human Engineering De- 
sign for Marine Systems, Equipment and Facilities," 
ASTM Standard, ASTM F 1166-88, American Society for 
Testing and Materials, Philadelphia. 

52 “Human Engineering Design Criteria for Military 
Systems, Equipment and Facilities," Military Standard, 
MIDSTD 1472. 

53 “Guide for Shop and Installation Tests," Technical 
and Research Bulletin 3-39, SNAME. 

54 “Guide for Sea Trials," Technical and Research 
Bulletin 3-47, SNAME. 

55 “Development of Shipboard Industrial Test Proce- 
dures," DOD-STD-21-6 (Navy), 31 July 1986. 

56 “Total Ship Test Program for Ship Production, Ship 
Construction Test and Trials Manual/' NAVSEA 0900- 
LP-095-2010, April 1977. 

57 “Total Ship Test Program, Ship Test Evaluation 
Planning Guide," NAVSEA 0900-LP-095-4010, June 1985* 

58 “Maritime Administration, Supplementary Proce- 
dure for Testing Machinery,” Division of Engineering Of- 
fice of Ship Construction, March 1989. 


CHAPTER II 


Jose Femenia 


Thermodynamics and 
Heat Engineering 

4 


Section 1 

Review of Fundamentals 


1.1 Baiic Equation*. The applied thermodynamics 
problems of marine engineering depend on the conserva- 
tion of mass and the conservation of energy. The first of 
these is conveniently expressed by the one-dimensional 
steady-flow continuity equation 

W - AV/v fl) 

where 

A — flow area, ft 2 
V — flow velocity, fps 
v » specific volume of the fluid, ftVIb 
W = flow rate, lb/sec 

The second is conveniently expressed for the usual steady 
one-dimensional situation by the general energy equation 



^ + *, + 5 + ft, -$+*. + 7+"'., 


( 2 ) 


h\ + — + Q j2 = h% + -j + W kis 


(4) 


where 

h — enthalpy of the fluid, Btu/lb 
- it + Pv/J 

u = internal energy, Btu/lb 
P = pressure, psfa 
J = mechanical equivalent of heat 
= 778 ft-lb/Btu 
g — gravitational constant 
= 32.17 ft/ sec 2 

z ~ height above an arbitrary datum, ft 
Q — heat transferred, Btu/lb 
W k — external work done, Btu/lb 

The subscripts 1 and 2 refer to two arbitrarily chosen 
points along a flow path; (? 12 and Tf 7 ^ ,, therefore designate 
the heat transferred and work done between these points. 

A condensation frequently used is the stagnation en- 
thalpy h°, defined by 


V 2 

h o = h + 

2gJ 


( 3 ) 


giving 


Typical applications of the general energy equation oc- 
cur where the working fluid is being heated without work 
being done {a heat exchanger), where work is being done 
under adiabatic conditions (turbine wheel), or where me- 
chanical energy is being degraded under adiabatic condi- 
tions and without work being done (flow against friction). 
The equations that appiy in these situations are easily 
found by eliminating the inappropriate terms from equa- 
tion (4). An application is illustrated by Fig. 1. Note the 
sign of the heat transfer term. 

Evaluation of the general energy equation usually re- 
quires assistance from other equations. The continuity 
equation is one. Equations of state for the fluid involved 
are also frequently needed. The simplest form is the famil- 
iar perfect gas equation 

Pv = RT (5) 


where 

T — absolute temperature, deg R 
R = a constant characteristic of a particular gas, 
ft-lbf/lb m °R 

Typical values of R are 53.34 for dry air, 53.5 for wet air 
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Table 1 Example calculation of an exhaust-gas mixture constant 


Constituent 

D 0 
Percent 
by 

Volume 

© 

Mole 

Fraction 


© 

Molecular 

Weight 

® 

Mass Ib m 
per Mole 
of Mixture 

© 

Mass 

Fraction 



© + ioo 



® X ® 

© 2© 

N s 

72.8 

0.728 


28 

20.38 

0.730 

0 2 

12.0 

0.120 


82 

3.84 

0.138 

co 2 

3.7 

0.087 


4 A 

1.64 

0.059 

HjO 

11.5 

0.115 


18 

2.07 

0.074 






2 - 27.93 




From equation (6), the exhaust-gas mixture 




constant = 

1545 

27.93 

ft-lb f 

- “ S2 lb„-R 




{40 percent humidity, 100 F); and 50.3 for flue gas (15 
percent excess wet air and standard fuel oil). For other 
gas mixtures, such as engine exhaust mixtures, the gas 
constant R, must be derived from the universal gas con- 
stant^ which is 



Ti 

T x 


FJ 



(9) 


R = 1545 


ft-ibf 
lb m mol a R 


The specific gas constant is 


R = R/M (6) 

where M is the molecular weight of the mixture. For a 
gas mixture it is convenient to note that in a mixture of 
ideal gases the mole fraction of a component is exactly 
equal to the volume fraction. An exhaust-gas analysis can 
be presented as shown in Table 1, 

For an ideal gas undergoing a polytropic process, the 
functional relationship is 


For perfect gases, the following state relations also 
hold: 

h = C P T (10) 

u = CJ (11) 

where C p and C v are the specific heats for constant-pres- 
sure processes and constant-volume processes, respec- 
tively, For mixtures of gases the respective specific heat 
may be calculated by 

C = IfCi (12) 

i 


where 


PV n = constant 

where (7) 

V = volume, ft 3 

For a reversible adiabatic process the exponent, n, Is the 
ratio of the constant-pressure to the constant-volume spe- 
cific heats at zero pressure, k 



For air k is 1.4. For other familiar processes the values of 

n are: 


Isobaric process 

n = 0 

Isothermal process 

n = 1.0 

Cold engine, starting 

n = 1.2 

Air-cooled compressor 

Hot engine, compression and expan- 

n = 1.25 

sion; and w T ater-cooled compressor 

n = 1.30 to 1.35 


From equations (5) and (7), the following expressions re- 
lating the initial and final states of a polytropic process 
can be derived: 


f — mass fraction of each constituent 

C t = specific heat of each constituent, Btu/tb m 6 R 

The specific heats are functions of temperature alone but 
are often treated as constants when the temperature 
range is small All gases obey this equation reasonably 
well at low pressures, and at higher pressures when the 
state is far from the critical point. Otherwise the tabulated 
properties of fluids, such as those found in the Steam 
Tables [1], Gas Tables [2], and Thermodynamic Charts 
[3], must be used, An alternative, particularly adaptable 
to turbine design work when calculations are made by 
computer, is to use the equations from which these tabula- 
tions are made. 

Special relations for steam that are useful in nozzle 
design are the equation of state 

v = 1.222 (h - 823) (13) 

and the equation for isentropic expansion 

v L3 = constant (14) 

The following two are the corresponding relations for the 
wet region 
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tOOQ zooo 3000 4000 5000 
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Sensible heat of gases 



GAS TEMPERATURE* *F 


Insfantaneaui specific beat of gases 


p oM v = 0*467 (h - 366) (15) 

pv 113 = constant (16) 

Units are psi for p t ft 3 /] b for v t and Btu/lb for A, These 
equations are for use only in the vicinity of normal turbine 
state lines, and not for use at high superheat with low 
pressure, with very wet steam, or in the reheat region* 
In boiler design work, the sensible heat and specific 
heat of the flue gas must be known* These are presented 
in Pigs. 2 and 3 for a standard grade 6 or residual fuel oil 
of the composition (by weight) tabulated as follows when 
burned in air with a 40 percent relative humidity at a 
temperature of 100 F. 


Carbon * . .* 0*8775 

Hydrogen** * 0*1050 

Sulfur 0*0120 

Oxygen ... 0*0040 

Nitrogen,**. 0*0015 


Free moisture ..... — 

1*0000 

Other properties of flue gas, such as its viscosity and 
thermal conductivity, are also needed, and are given in 
Fig. 4. Values for steam and air can be found in the Steam 
Tables [1] and Gas Tables [2], respectively* 
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GAS TEMPERATURE, *F 

Fig. 4 Viscosity and thermal conductivity of flue gas and air 


1.2 Heat Transfer. An investigation of the Q lz term 
in equations (2) or (4) entails a consideration of the princi- 
ples of heat transfer* The transfer takes place by molecu- 
lar diffusion between bodies in contact, or by electromag- 
netic radiation between separated bodies* Diffusion 
between solids is called conduction . When one or both of 
the bodies are fluids, conduction is nearly always grossly 
modified by the transport of heat by fluid in motion; this 
phenomenon is called convection . 

a. Conduction. Conduction follows Fourier's Law, 
which states that heat is diffused at a rate proportional 
to the temperature gradient; the factor of proportionality 
is known as the thermal conductivity, and is a property 
of the material conducting the heat* It la generally a func- 
tion of temperature* particularly for liquids and gases, 
but the effect of temperature is sufficiently weak that 
conductivity can be treated as a constant in most prob- 
lems. Fourier's Law can be expressed for one-dimensional 
problems as 

Q - -fcsf (17) 

where 

k = conductivity, Btu-ft/hr-ft 2 -deg F 
S = conducting area, ft 2 
dT/dx = temperature gradient, deg F/ft 

If k is constant, this equation can be integrated for a slab 
of thickness x, having a temperature difference between 
faces of T x — T 2 , to obtain 

Q = - TV) ( 18 ) 


If the conducting body is circular, as when heat is trans- 
ferred through tube walls, equation (17) is modified to 

Q = —kinrL (19) * 

dr 

where r is the radius dimension, and L is the length of the 
tube* Integration of equation (19) gives 

„ , 2ttL 

Q - k (7; - T 0 ) (20) 

log*- 

n 

where the subscripts o and i designate the outside and 
inside surfaces of the tube* 

Heat transfer problems frequently involve conduction 
through successive layers of distinctly different conduc- 
tivity. Formulas for this type of problem are readily de- 
rived, as are formulas for the transfer of heat through 
cylindrie composite walls* 

b* Convection* The convective heat transfer be- 
tween a fluid at a largely constant bulk temperature T B 
and a surface at temperature T s is expressed by 

Q = hfS{T$ — T$) (21) 

where h f is the film coefficient of convective heat trans- 
fer. The major practical problem in applying equation (21) 
is the evaluation of the film coefficient for the several 
distinct mechanisms of flow and thermal behavior possi- 
ble in the fluid. 

Single-phase convection occurs when the fluid involved 
neither boils nor condenses at the solid surface. Familiar 
examples abound aboard ship; for instance, the water side 
of condenser tubes, both sides of the tubes or plates in 
liquid-to-liquid heat exchangers such as lube-oil coolers, 
and the gas side of convective heating surface in boilers 
are typical locations where this mechanism is prominent* 
The value of h f is generally a function of fluid properties, 
of the fluid velocity* and of its degree of turbulence, as 
noted in Table 2 of the Heat Exchangers chapter* Under 
conditions existing in a typical condenser tube, for exam- 
ple, the value of h f is likely to be in the neighborhood of 
1000 Rtu/hr-ft 2 -deg F, while on the gas side of a boiler 
tube, the value of A/ can be 10 Btu/hr-ftMeg F* 

When the fluid is moved over the heat transfer surface 
by an external force, such as that provided by a pump, the 
situation is described as forced convection * When density 
differences caused by expansion or contraction of the 
fluid near the surface are the principal source of the driv- 
ing force, the situation is described as natural con- 
vection. 

Two-phase convection occurs under conditions of sur- 
face temperature and heat flow that produce a change of 
phase, either boiling of a liquid or condensation of a vapor* 
Nucleate boiling describes the phenomenon in which bub- 
bles of vapor form on a hot surface, grow in size, then 
break away to rise through the adjacent liquid. The turbu- 
lent mixing of fluid near the surface results in rates of 
heat transfer distinctly higher than in single-phase con- 
vection. 
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At high rates of heat transfer, or heat flux ( Q/S ), the 
bubbles can form so rapidly and in such great number 
that they effectively blanket the surface with a vapor 
film, and the phenomenon of film boiling ensues. Since 
liquid can not impinge on the surface, h f is significantly 
less than in nucleate boiling, and in consequence, film 
boiling is usually avoided in practical heat transfer appa- 
ratus. 

Condensation of vapors on a cool surface occurs as ei- 
ther dropmse or film condensation. The names are quite 
descriptive of the processes. The rate of heat transfer is 
much higher for dropwise condensation, and is compara- 
ble to that for nucleate boiling, since the drops quickly 
fall off as they form and thereby expose the surface to 
more vapor. In film condensation, the condensed film 
tends to cling evenly to the surface, and so forms a barrier 
between the surface and the vapor. 

c. Radiation. Ail matter emits radiation of one or 
more kinds. The thermal radiation of practical concern 
requires only that the matter be at a temperature above 
absolute zero, and so is characteristic of ail bodies. The 
radiation is electromagnetic, and at industrial tempera- 
tures lies within the infrared part of the electromagnetic 
spectrum. The wavelength is a function of temperature, 
and at higher temperatures it falls within the range of 
visible light. 

The radiation is not, however, monochromatic. A curve 
of its intensity, / x , against wavelength, A, shows a consid- 
erable spread with a peak intensity at a wavelength that 
is a function of temperature. The total energy emitted is 
thus the integral of 7 X over all wavelengths. For a black- 
body radiator, he., one that emits at the maximum inten- 
sity at all wavelengths, the integration produces the Ste- 
fan-Boltzmann relation 


ft 


= 1713 


T T 

1000 


( 22 ) 


for T in degrees Kankine and E\ in Btu/ft 3 -hr. 

But actual bodies are not black-body radiators, and their 
degree of imperfection must be accounted for by their 
surface emissivity e v If the emissivity is independent of 
the wavelength X, or is averaged over the spectrum, equa- 
tion (22) becomes 


E = 


1713 e 


T 

1000 


(23) 


Bodies for which this equation holds are said to be grey 
radiators. 

Surfaces of solids and liquids usually have high values 
of emissivity and are grey. In the case of gases, e x is 
not a constant but a function of molecular concentration, 
temperature, and wavelengths. In the industrial range of 
temperatures, only those gases composed of more than 
one type of atom, such as carbon dioxide (C0 2 ) or water 
(H s O), radiate with an appreciable strength and only in 
certain wavelengths. 

For gases, E$ can be measured directly, and is found 
to vary with temperature and the concentration of mole- 
cules in a given radiation path. Measured values of E G can 


be plotted for various values of temperature and various 
molecular concentrations measured by the product PL f 
where P is the partial pressure of the radiating constit- 
uent in atmospheres and L is the mean beam path length 
or mean radiating length in feet An equivalent can 
then be derived for such gases by dividing E c for the gas 
by the value of E b . Plots of E G and € G for various gases are 
available in references 4 and 5 together with a rigorous 
discussion of gas radiation. 

In practice, heat exchange by radiation occurs between 
bodies of different temperatures and different emissivi- 
ties. The situation is complex because the geometrical 
arrangements and sizes of the bodies are significant. For 
an elementary case of two parallel infinite planes, and of 
respective temperatures and emissivities T lt e lt T Zj e 2t the 
net energy exchange rate is 



For a sphere or cylinder, enclosing a smaller sphere or 
cylinder, the equation is 



where 5i and S 2 are the areas of the respective spheres 
or cylinders. 

In boiler tube banks where the heat transfer fluid is a 
radiating gas, heat transfer simultaneously occurs by 
both radiation and convection. Under these conditions (in 
order for the two heat transfer coefficients to be directly 
additive) it is often convenient to express the radiation 
heat transfer in the form of the artificial heat transfer 
coefficient 

Eg \ _ 

T 0 -tJ €s ~ Tq—Ts 

where the subscript G refers to the radiating gas and S 
refers to the tube surface (see Subsection 2.3 for further 
discussion on this subject). 

d. Overall heat transfer coefficient. The typical oc- 
currence of heat transfer in power plant apparatus is 
between a hot fluid and a cold fluid through an intervening 
tube wall. Convection and radiation are involved at the 
inner and outer surfaces, and conduction is involved 
within the tube metal. The rate of heat flow is summarized 
succinctly by 




Q = US(T ~ t) (27) 

where T and t are the bulk temperatures of the two fluids, 
5 is the surface area, and U is the overall heat transfer 
coefficient U is the net effect of the conduction, convec- 
tion, and radiation contributions. To illustrate the makeup 
of U t consider the transfer of heat from a hot gas outside 
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a clean tube to a second fluid inside the tube. As a prelimi- 
nary, note that the artificial radiation coefficient h r , of 
the same dimensions as the convection coefficient h ft is 
used so that the radiation and convection contributions 
will be additive. Thus, starting at the outer surface of the 
tube, the three heat transfer paths are 

Qo = (h fo + K)S{T - TJ 
Q* - £ S(T 0 - ^ 


Qi — h/tSiU — t) 

where 


k f0T kp — convective surface coefficients at tube out- 
side and inside, respectively 
T f t - temperatures of hot gas and cold fluid, re- 
spectively 

T OJ ti= metal temperatures at tube outside and inside 
surfaces respectively 
k = conductivity of the tube wall 
X e — equivalent thickness for the circular tube 


i *>*‘1 


Addition eliminates intermediate temperatures, allowing 
assessment of V as 


U = 


h ( „ + k. 




+ 


A 


(28) 


L fo T ri T * Kfi 

By a similar process, U can be written for any number of 
layers, including surface fouling. 

The practical process of heat exchanger design is often 
aided by empirical formulas for U f which give results 
of sufficient accuracy for industrial purposes. They are 
usually promulgated by manufacturer's associations to 
standardize methods of calculation, and are found in publi- 
cations such as references 6 and 7. 


e. Log mean temperature difference. The fluid 
flowing through a heat exchanger undergoes either a 
change in temperature or a change in state in response to 
the heat that it receives or rejects. If the fluids on both 
the hot and cold sides of the heat exchanger undergo a 
change of state, their respective temperatures are con- 
stant, and equation (27) applies without change if S is 
understood to mean the total heat transfer area. On the 
other hand, if there are temperature changes, the temper- 
ature difference in equation (27) is not constant through- 
out the heat exchanger, and in consequence this equation 
must be integrated for application to the entire apparatus. 



Fig. 5 Simple counterffow ond paroM-ftaw heat exchange™ 


The case where there is no change of state is illustrated 
by a simple concentric-pipe heat exchanger, Fig. 5, in 
which the two fluids flow either in the same direction 
(parallel flow) or in opposite directions (counterflow). The 
temperatures of the two fluids are plotted as a function 
of position for both exchangers. Such a temperature dif- 
ference integrated over the length of the heat exchanger 
produces a mean temperature difference; because of its 
logarithmic term it is familiarly known as the log mean 
temperature difference. In the general case, the log mean 
temperature difference can be written as 

Ar„ = n, 

mm 

Equation (29) is the general expression for AT m for 
both simple counterflow and parallel-flow exchangers. In 
condensers, boilers, and feed heaters, to list several promi- 
nent examples, where a change of state rather than a 
temperature change occurs on one side of the tube wall, 
a derivation of tile log mean temperature difference again 
produces equation (29). If the heat exchanger is multipass* 
equation (29) must be modified (see Section 3.2 of the Heat 
Exchangers chapter.) 

In any case, equation (27), when applied to the heat 
exchanger as a whole, is written as 

Q - USAT m (30) 
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Section 2 

Heat Transfer in Boilers 


2,1 Types of Hoot Transfer in Boilers, A boiler may 
be divided functionally into four parts: first, a chemical 
reaction chamber where the chemical heat of fuel combus- 
tion is released and the reaction controlled; second, a 
steam generating section where heat is transferred to the 
tubes by radiation, convection, and conduction; third, a 
superheater, where the steam is superheated to the de- 
sired degree; and fourth, a heat-recovery section, em- 
ploying air heaters and/or economizers where some of the 
remaining heat in the flue gas is extracted. 

The boiler designer starts a design by setting up a pro- 
posed geometry, then calculating the performance of the 
unit and changing the geometry as required. Once the 
gases generated by the chemical reaction leave the fur- 
nace, the problem becomes one of convection where an 
overall Uis estimated and an exit temperature from each 
bank of tubes is calculated. The designer must first esti- 
mate the performance of the furnace and calculate the 
gas temperature entering the first hank of tubes, 

2*2 Heat Transfer in Bailer Furnaces* Furnace heat 
transfer is principally radiation, and it is possible to adapt 
the basic methods of Hottel in reference 5 to evaluate a 
total emissivity in terms of furnace conditions. The prob- 
lem consists of equating the heat given up by the combus- 
tion gases to the heat transferred by radiation and convec- 
tion to the furnace surfaces. The equation is 


1118 SgF JF & 



4 ] 


+ US w (T e - T c ) 


= W f (R + 1) 
where 


'LEV + q F + (t a - QCM 

Qt 

5+1 H * 


T c 

T e 

T f 

S w 

Sc 

W F 

LEV 

to 

ta 

Qf 

Qt b 

c p 

R 

Fa 

F e 


convection heat transfer coefficient 

furnace surface temperature 

furnace exit temperature 

effective flame radiating temperature 

convection surface area 

radiant heat absorbing surface (ERAS) 

weight of fuel burned per hour 

lower heating value of fuel 

base temperature 

temperature of air entering furnace 
sensible heat of fuel above t 0 
sensible heat of gas above t Q 
average specific heat of combustion air 
air-fuel ratio 
arrangement factor 
emissivity factor 


The heat given up by the combustion gas is evaluated 
by ordinary stoichiometric means and the use of a set of 
sensible heat curves (Fig, 2). 


The shape emissivity factor, has been treated 

by Hottel, and if the flame fills the furnace, it has been 
demonstrated that 


F e F a = — h (32) 



€ C ~ emissivity of the heat-absorbing surface 
€ f = flame emissivity 
S R — refractory surface area 
S c = cooled surface area 

Frc = a geometric factor, dependent on the extent of 
cooled surface 


An approximation of F RC to a reasonable degree of accu- 
racy is 


l! 

S R 

whenO < tt < 0.5 

Sc 

(34) 

ii 

£ 

S R 

when 4 < — < 7 

S c 

(35) 

where S T = S R + 



Faired intermediate values may be taken between the 
two sets of limits quoted, as illustrated by Fig. 6. 

The radiating temperature T F may be approximated by 

T F = 

(T' a Te) 1/2 

(36) 


where T± — adiabatic flame temperature with 100 percent 
theoretical air. 

Evaluation of the flame total emissivity presents a com- 
plex problem. The flame cloud consists of droplets of fuel 
from the burner nozzle which in turn are reduced to 
smaller fragments by various air and gas currents and by 
the chemical breakdown of the fuel to basic constituents. 
The flame mass then consists of a cloud of flaming fuel, 
carbon, some ash particles, and molecules of carbon dio- 
xide, water vapor, sulfur dioxide, oxygen, and nitrogen. 
Of these constituents, the fuel, carbon, and ash particles 
and the carbon dioxide, water vapor, and sulfur dioxide 
molecules radiate. The gas molecules radiate only in cer- 
tain wavelengths, that is, they are not grey. The solid 
particles radiate in all wavelengths. These radiations are 
superimposed upon each other, resulting in an overall 
radiation which is essentially grey in character, and the 
resulting emissivity is independent of temperature. 


I 
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Fig, 6 Shope emissivity factor versus flame emissivity for various values of 
cooled surface to cooled surface plus refractory surface ratio [S^S^ 


Combustion of oil is not instantaneous, especially when 
residual oils are fired. The oil droplet first ignites, then 
bums and breaks down into carbon and hydrogen. The 
carbon appears as minute flecks. These small particles 
make up most of the radiation. Their concentration is a 
function of burning time, and of the rate of flow of the 
gases through the furnace. 

An expression derived for € F by applying probability 
theory is 

= ui - e-^) (37) 

where 

= emissivity of a cloud of infinite thickness, as- 
sumed to be 0.95 

P F = furnace pressure, atmospheres 

L = mean radiating path length; for ordinary marine 
furnaces, L = 0.6h$F^ 

V F — furnace volume, ft 3 

K = an empirical concentration factor, a function of a 
time parameter W F /P F V F with W F represent- 
ing the pounds of fuel burned per hour. W F / 
P F V F is a crude measure of particle life, but 
better data on the flame path are lacking. 

The concentration factor, K f is evaluated from test re- 
sults on various boilers and plotted against the firing 
density Wj/P F V F as on Fig. 7. This plot was calculated 
from the test results on five different boilers, all burning 
residual fuels. The curve shown represents an average of 
the test results with 10 to 20% excess air. 

It is necessary also to consider the question of effective 
cooled surface. A water wall consisting of tangent tubes 
may be treated as a surface having an area equal to the 
projected area of the surface. If the tubes are widely 
spaced, exposing the refractory surface behind the tubes, 
the simple projected area of the tubes is not sufficient 
since the refractory receives some of the direct radiation 
from the surface and returns only a portion of this heat 
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FIRING DENSITY, W F /P F V F> LB/FT 5 - HR-ATM 
Fig. 7 Furnace concentration factor 



Fig. 8 Effectiveness factors for water walls based on total projected area 


to the furnace; the remainder goes to the tubes. The effec- 
tive radiant heat absorbing surface (RHAS) may be calcu- 
lated by multiplying the projected area of the walls, in- 
cluding backing refractory, by an arrangement factor 
from Fig. 8, for each area making up the furnace envelope. 

Solution of equation (31) is best accomplished by trial- 
and-error methods by breaking up the equation into three 
simultaneous equations, as follows: 


A 

7 Tjr y 

f T c VI 

: =1713 F 8 F a 

■/I 

booty 

(loooj . 


+ U^{T e -T c ) 

&C 


(38) 
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(Qc) W F (R + i) 

UJ. 5c 

AffF + Qf + (£ a — t^CpR 



The term 


(39) 

(40) 


U^{T e - T c ) 

in equation {38) is generally negligible except for rear- 
wall impingement effects* It is convenient to drop the 
term at this point and correct for the effect later* For 
most marine boilers the temperature of the radiant heat 
absorbing surface (RHAS) is dose to 1000 R (540 F); so 
the term 7^/1000 is approximately unity* Since the value 
of jy 1000 is between 3 and 4, the relative value of (TV 
1000} 4 is so much higher than 1 that the term jyiOOO can 
be taken as equal to 1 with little error. Further noting 
that T f — (T A T E ) U2 f equation (38) becomes 


(Qc/Sch = msF^ 



In equation (39), the term 



(41) 


LEV -b q f (t a - QCyR 
R + 1 

is the total sensible heat released to the furnace per pound 
of combustion products and may be replaced by q T a , the 
adiabatic sensible heat* q TE may be read from Fig* 2 at 
any assumed value of T E . With these simplifications, equa- 
tion (39) reduces to 


(Qc/S c ) 2 = Wr % + 1} \3t a - ffrj (42) 

The solution may then be achieved by assuming values of 
T e and plotting solutions for equations (41) and (42)* The 
point of intersection of the two equations is the solution* 
T a may be evaluated by calculating the adiabatic sensi- 
ble heat 


_ W+ g ,-H(.-0 £g 
HT * R + 1 

then T# may be read from Fig. 2. 

Usually, the convective terra in equation (31) is negligi- 
ble; but when a rear wall is fitted, especially in a shallow 
furnace, the convection effect of the flame blasting 
against the rear wall may be significant. An equation for 
the surface heat transfer coefficient h RWi based on the 
actual surface exposed to the gas, is 




( 44 ) 


where 

= Prandtl number 
k 

— Reynolds number 

— = Nusselt number 
k 

k = thermal conductivity of the gas, Btu/fbhr-deg 
F 

D = furnace depth, ft 
d = burner throat diameter, ft 
G = weight flow rate per burner throat area, lb/ 
ft 2 -br 

C p = specific heat of gas at constant pressure, Btu/ 
% Ib-deg F 

p, ^ viscosity of gas, Ib/ft-hr 

The constant C and exponents a, b f c are determined by 
test 

An adequate simplified form of this expression is 

&RW ~ (4^) 

where / T is a temperature coefficient given by 

f T = 0*000038757} + 0.1035 (46) 

The film temperature T/ f is estimated by means of a con- 
duction calculation through the tube wall, starting with 
the fluid saturation temperature in the tube, and assum- 
ing that the gas temperature is the same as the furnace 
exit temperature. This is not rigorous, but serves to keep 
the convection calculation simple* Thus, T/ — V 2 (T E -f 7}), 
where T s is the surface temperature of the wall* 

2*3 Tube Bank*. The transfer of heat to a bank of 
tubes from a hot fluid is a combination of a number of 
heat transfer phenomena* Included in this combination 
is the convection film coefficient, h ft intertube radiation 
conductance k rt and conduction, all combined in accord- 
ance with equation (28)* 

In evaluating heat transfer in tube banks, the geometry 
of the bank is generally fixed first, and the value of the 
overall transfer coefficient is deduced for this geometry. 
Thus, for a given geometry, it is necessary to deduce the 
convection film coefficient for the outside of the tube, the 
radiation conductance (if present), conductance through 
the scale, tube wall, and inside scale, and the inside convec- 
tion film coefficient 

For boiler and superheater tube banks, this entire set 
of evaluations must be made* Normally, for boiler gener- 
ating tubes, the outside convection film coefficient and 
the radiation conductance are so much smaller than the 
metal conductance and inside boiling water coefficient 
that in calculating the overall f7, the metal conductance 
and inside film may be neglected. In the case of superheat- 
ers, however, the metal conductance and inside film coeffi- 
cient have a marked effect and must be included. 

Section 1 defines, by equation (21), the convection heat 
transfer coefficient, h f (or the film coefficient)* This coeffi- 
cient is evaluated by the Nusselt expression 
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Fig* 9 Longitudinal flow convection inside tubes for air and flue gas with 
15% excess air 



where 

h f = outside film coefficient, Btu/ft 2 -hr-deg F 
k — thermal conductivity of gas, Btu/ft-hr-deg F 
G = weight flow of gas, lb/ft 2 -hr 
pi = viscosity of gas, Ib/ft-hr 

C p — specific heat of gas at constant pressure, Btu/lb- 
deg F 

D — tube diameter, ft 
L — tube length, ft 


k, p, and C p should be evaluated at the so-called “film 
temperature,” the arithmetic average between the aver- 
age surface temperature and the average fluid bulk tem- 
perature* The constant C and the exponents a, b f and c 
may be determined from model tests. Note that this basic 
equation was used previously in the discussion of furnace 
convection, and a special form [equation (44)] was given 
for that situation. Another form of this equation that is 
generally useful in connection with the analysis of turbu- 
lent fluids inside tubes is the Colburn equation 



where prefers to the inside film coefficient of the tube 
and D is the tube inside diameter. Equation (48) may be 
rearranged as follows 



0.023 


G™ k 



(49) 


or 


£0.8 

h f = 0.023— f T m 

where f T is a temperature factor that can be read from 
Fig* 9 as a function of the film temperature; the film 
temperature may be taken as the average of the average 
gas temperature and the average surface temperature* 



TUBE SPACING TRANSVERSE TO GAS FLOW 

TUBE DIAMETER 

Fig* 10 Arrangement factor F A for convection heat transfer for in-line tube 

banks 


For the flow of fluids across a bank of tubes placed 
perpendicularly to the direction of flow, the modified 
Grimison equation has been found useful, especially for 
gases* It is of the form 


rm’ <»> 

The weight flow rate per unit area, G ■ is based on the 
minimum free flow area between tubes. In practice, this 
equation is put in the form 

G m 

h f = 0.292 F A F D f E — (52) 

The arrangement factor, F At for various tube configura- 
tions can be read from Figs* 10, 11, and 12. Values for the 
tube depth correction factor, F D} are given by Table 2; 
and the temperature factor, is plotted on Fig. 13 versus 
the gas film temperature (average of the average gas and 
surface temperatures)* 

Radiation conductance was defined earlier* In the pas- 
sage of gases through a tube bank, the gas itself is a 
radiation source. For such tube banks the mean beam path 
length or mean radiating length can be taken as 0*85 times 
the hydraulic diameter. For in-line or staggered tubes, the 
mean radiating length in feet is 


L = 0*071 


4S^t tt (F 

ird 


(53) 
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TUBE DIAMETER 


Fig. 11 Arrangement factor F A far convection heat transfer for staggered 
tube banks with minimum gas flaw area in transverse openings 



GAS FILM TEMPERATURE ( *F 
Fig. 13 Temperature factor 


where 



TUBE DIAMETER 

Fig, 1? Arrangement factor f A for convection hear transfer for staggered 
tube banks with minimum gas flaw area in diagonal openings 


S T — transverse pitch, in. 

S L — longitudinal pitch, in. 
d = tube diameter, in. 

The emissivity c G of flue gas is a function of its tempera- 
ture, the mean radiating length L t and the partial pressure 
P R of its radiating constituents (primarily water vapor 
and carbon dioxide). The flue gas produced when burning 
standard fuel oil in 15 percent excess air has a water vapor 
partial pressure of 0.114 atm/ atm and a carbon dioxide 
partial pressure of 0.125 atm/ atm, a total of 0.239 atm/ 
atm. Values of t G for this mixture are plotted in Fig. 14 
for a range of gas bulk temperatures and a range of P^L 
values, where P R is in atm /atm and L is in feet. The 
curves are usable from 10 to 20 percent excess air without 
appreciable error. 

Plotted on the same figure is the value 


h r EJgGg 1 7 1 

€ g (T g — T s )t G Tq — T s 


(Jky _ (Jjl 

1,1000/ uoooy 


rV 


which is another form of equation (26). To determine h r , 
calculate L from equation (53) and multiply L by P s , the 
total partial pressure of C0 2 and H z O. Enter Fig. 14 at 
the average gas bulk temperature and, at the proper P^L 
value, read t G on the left scale. Then reenter at the gas 
bulk temperature and read hJt G o n the right scale at the 
appropriate tube surface temperature. k r is equal to the 
product £ g x hJtQ, included in the result is a tube surface 
emissivity of 0.95. 
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2.4 Heat-Recovery Equipment. That portion of the 
heat transfer equipment that absorbs heat at tempera- 
tures below the saturation temperature of the generated 
steam is considered to be heat-recovery equipment. Gener- 
ally, such equipment absorbs the heat into the combustion 
air (gas air heater), into the incoming feedwater (econo-' 
mizer), or into a combination of the two. 

Combustion air heaters generally are of either the ro- 
tary regenerative or tubular type, with air flowing 
through tubes heated by combustion gas passing around 
the outside of the tubes in cross flow. The rotary regener- 
ative type is proprietary and performance data are best 
acquired from the proposed manufacturer. Tubular air 
heaters can be readily evaluated by the methods reviewed 
in the foregoing for tube banks. Most steam vessels fitted 
with air-heating heat-recovery equipment use the rotary 
regenerative type. 

Extended-surface economizers are employed almost to 
the exclusion of bare-tube units. The feedwater is invari- 
ably inside the tubes, with some type of extended surface 
outside. There is a large variety of extended-surface 
types, ranging from cast-iron fins shrunk on steel tubes, 
to stud fins, aluminum fins, and spiral-welded steel fins. 
Such elements are proprietary in nature and performance 
data must be obtained from their manufacturers. Extend- 
ed-surface performance data are usually acquired by full- 
scale tests of the particular geometric design. Of principal 
concern in fitting heat-recovery equipment on boilers is 
the dew point of stack gas acids, For further discussion 
of preventing acid attack on economizers, see Section 5.2. 

For an example calculation, which illustrates the consid- 
erations involved in designing boiler heating surfaces, see 
Chapter 5. 


Section 3 

Internal Thermodynamics of the Steam Turbine 


3-1 Noxzla Flow* A nozzle is a short flow passage 
of converging or converging-diverging flow area whose 
function is to convert thermal or pressure energy into 
kinetic energy. It thus forms an essential feature of both 
steam turbines and gas turbines. 

As the fluid passes through a nozzle, no external work is 
performed, and no heat is transferred, so that the general 
energy equation (2) reduces to 


VI V\ 

v + ** - v + *- 


(54) 


or, using the concept of stagnation enthalpy, simply 


Aj} = hi (55) 

In equation (54), is the approach velocity, which is the 
velocity of the fluid immediately upstream of the nozzle. 
If the approach velocity is taken as zero, equation (54) can 
be written as 


V x = 223.7^/^ (56) 

If the fluid is turned through an angle, or is decelerated 
in a nozzle chest, before entering the nozzle, there is some 
degradation of the energy possessed by the fluid up- 
stream. This degradation is evident as a loss of stagnation 
pressure and, hence, of the pressure difference available 
to cause flow through the nozzle. It is indicated on the 
enthalpy-entropy plot of the nozzle process shown by Fig. 
15, 

There is also degradation of energy within the nozzle 
itself, so that the exit velocity is not as high as ideally 
possible. The total degree of degradation is expressed by 
the nozzle efficiency, which is thus the ratio of the energy 
actually converted to kinetic energy to that theoretically 
possible. In equation form, the definition of the nozzle 
efficiency, is 


Uv — 


v\WgJ) 

hi - k\ 


(57) 
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The meaning of K and the derivation of equation (57) are 
evident in Fig. 15. 

An alternative designation of the degree of energy con- 
version is given by the velocity coefficient k#, which is the 
ratio of nozzle exit velocity to that ideally attainable, i.e. 


k N — 


V i 

[2 gJ(h% - h'j} 1 ' 2 


(58) 


It may be seen that k N is simply the square root of tj. v - 
The nozzle velocity coefficient is a function of factors 
such as the angle through which the fluid is turned, nozzle 
dimensions, and the ratio of approach kinetic energy to 
the total kinetic energy developed. Empirical curves, such 
as Fig. 16, give nozzle efficiencies for blade-type turbine 
nozzles for dry or superheated steam. To determine the 
efficiency of a nozzle (either fixed or moving), the basic 
nozzle efficiency k 2 and height correction factor f L are 
read from Fig. 16, and the nozzle efficiency is computed 
as 

k% = fJP (59) 


For wet steam, a correction is necessary to account for 
the impingement of the slower- moving droplets of water 
on the back of the blades. This correction is taken by some 
authorities to be 


k%rr ~ tflx + /(I - £)] (60) 

where 


— nozzle efficiency for wet steam 
x — steam quality 

f — ratio of velocity of water to velocity of steam. A 
value of 0.15 may be used for design purposes. 

The usual nozzle analysis procedure in turbine design 
is to start with a known geometry and initial conditions, 
then calculate the exit velocity and flow rate. Equations 


of state suitable for nozzle calculations with superheated 
steam were given in Section 1.1. These, together with the 
expansion ratio r — /V-P®, where Pi is the discharge 
pressure and F% is the ideal stagnation pressure, and the 
definition of the nozzle velocity coefficient lead to the 
approximations 

Vi = {2g/m - - mr e < 61 > 

hi = h%- Ajtfl - **“)W - 823) (62) 


v, - 823)[1 - m - i° m )\ (63) 

■rF% 

for conditions at the nozzle exit. The continuity equation 
is 


W s = 


2SAVj 

Vi 


where 

W, — flow rate, lb/hr 
Vi = specific volume at exit, ft 3 /lb 
A = nozzle exit area, in. 2 
Vi = velocity at exit, fps 


(64) 


These equations determine the state of the steam at the 
nozzle exit and the flow rate. Combined into a single equa- 
tion, W, for superheated steam becomes 


W, “ P%A 


Z§(2gJ) U2 

1.222 (Ag - 823) 1 ' 2 . 


or 

where 


• rffljfd ~ r 0 - 231 )] 1 ' 2 ' 

1 - A? v (l - r 0ZS1 ) 


(65) 


W a ~P%AQR (66) 


Q - first bracketed term, a function of h° 0 alone 
R = second bracketed term, a function of r alone 


Note that F% is in units of psia and h% is in Btu/lb. 

Employing a similar procedure, the flow of wet steam 
through a nozzle can be expressed as 


W, - PIA 


12,000(P?r ao3 ' 

(hi - 366) 1/2 . 


r 09, (A ,2 W (1 - r 0M5 )] l/i ' 
1 - AW( 1 - j 


(67) 


The phenomenon of choking limits the maximum flow 
rate to that obtained at the critical pressure ratio, or that 
value of r at which the fluid reaches the speed of sound 
in the smallest flow area of the nozzle. This value of r can 
be found by evaluating the maximum of dW s /dr from 
equations (65) or (67). The critical values of r thus found 
are a function of the nozzle efficiency &?-■ 

3.2 Vector Diagram*. An analysis of the energy pro- 
cess through one stage of a turbine (fixed nozzles plus 
the rotating wheel nozzles or blades) illustrates the appli- 
cation of nozzle flow theory. A stage is shown, in the form 
of the cross sections of one fixed and one moving nozzle, 
in Fig. 17, The velocities and enthalpies of the stage may 
be plotted on an enthalpy-entropy diagram as in Fig. 18. 
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Fig, 16 Nozzfe efficiency 
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Fig. 17 Turbine bloding diagram for one stage Fig. 18 Enthalpy-entropy diagram for flow through one turbine stage 
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Fig. 3D No rile nomenclature 


The steam velocity leaving the fixed nozzles is given by 
equation (54) or, in terms of the quantities shown in Fig. 
18, by 


V l = k Nl [2gm - KW 2 < 68 > 

assuming hi is determined by a known value of r, based 
on the nozzle area, kft, and steam flow rate requirements 
or on P x . 

The approach velocity D , to the moving nozzle is, how- 
ever, the vector combination of V : and the wheel velocity 
U. The magnitude of this velocity can be found by making 
the combination graphically, or by using trigonometric 
analysis in terms of the angles shown in Fig. 17. 

The enthalpy k, is then hi - (F?/2 gJ) and the corres- 
ponding stagnation enthalpy k\, as seen by the moving 
nozzle, is A, + (DV2gJ). Then the relative velocity D 2 
leaving the moving nozzle is k N ^2gJ{h\ ~ A 2 }] 1/2 - The 
velocity V 2 relative to the fixed nozzle is found by a vector 
combination with V, as evident in Fig. 17. The^stagnation 
enthalpy h% at the nozzle exit is then h 2 + (Ff/2 gJ). 

The blade work per pound done by the turbine is simply 
hi — h%. The work ideally expected is Ag — K- The stage 
efficiency is nominally the ratio of these two, but since 
the kinetic energy in the leaving steam, V%l'2gJ. can be 
used by a following stage, it is not charged against this 
stage. If the ideal work is split into two parts as in Fig. 
18, the efficiency of the nozzle-blade combination is 


h° 0 - h% 

V sb = 

h% — h\ + hi - hi 


n 

ZgJ 


(69) 


or very nearly 


Uva — 


k% - h\ 


VI 


(70) 


3.3 Nazxie* and Blading. As has been pointed out in 
the previous sections, the difference between nozzles and 
blades is a relative one. nozzles being considered as fixed 
and blades* (or buckets) as moving. 

For nozzles or blades below the critical pressure ratio, 
the area at exit is of primary importance. From Figs., 19 
and 20, the nozzle exit area is A = [N(p - f) sin a[]L, 
where N is the number of nozzles, p is the pitch of the 
nozzles, t is the thickness of the nozzle partition at exit, 
and aj is the theoretical steam outlet angle, all measured 
in the plane of the turbine wheel. Let m = [_N{p — t)~\l 
Np ; then.jVpw - N(p - t), where m is a factor to correct 
for the thickness of nozzle (or blade) edge thickness. Fur- 
ther, note that the arc of admission of steam to the nozzles 
is not necessarily 360 deg, but some fraction thereof. Des- 
ignating this fraction as E 


A = LdnsirmE sin a x (71) 

where .4 is the area at exit from the nozzle, in square 
inches, L is the blade height in inches, and d M is the mean 
wheel diameter, a! is the angle of the steam to the plane 
of the wheel. Usually there is a small difference between 
the actual steam angle a , and the geometric angle a[. This 
angle a x — a| = 5 is known as the deviation angle and is 
a function of both the angle through which the steam is 
turned and the Mach number, and approaches zero as the 
Mach number approaches 1.0. In equation (71), a, should 
be used when its value is known. 

For short blades and nozzles, there is little difference 
in the blade velocity between the root and tip of the blades; 
however, with long blades, the blade velocity varies appre- 
ciably from root to tip. Further, the flow of steam from 
the nozzles has a large tangential component (F llt ). This 
tangential component is constrained by the casing to 
travel in a circular path. Thus, on the discharge side of 
the nozzle, in the annular space between the nozzles and 
blades, the pressure must be higher at the tip of the blade 
than it is at the blade root. It can be shown that in order 
for stability to exist, the tangential velocity must meet 
the free vortex condition. 


Viut^t — Vi^dM \ d# 02 ) 


where 

V lu = tangential component of steam velocity leaving 
nozzles 
d = diameter 
T = tip of nozzle 
M — diameter of nozzle 
R — root of nozzle 

Asa further requirement for stability, the axial weight 
rate of flow per unit area should be constant. This avoids 
radial components. Thus 
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Wf _ Vl xT _ VlxM _ V\xX 
A x Vl „T Vi„M Vi nR 

where the subscript designations are as before and 

V lx — axial component of steam velocity leaving 
nozzles 

v ln = specific volume of steam leaving nozzles 

A x = axial flow area in plane at wheel 

W, = total weight of steam flow 

The result of these requirements is a warped blade, 
with generally pure impulse at the root and with a large 
degree of reaction at the tip. Normally, the last few stages 
of the LP turbine are based on the free vortex condition, 
with the other stages having reasonable approximations 
of this flow. Obviously, as the turbine size increases, the 
blade lengths increase and the free vortex design may be 
extended into higher-pressure stages. 

3.4 Windage, Friction, and Leakage. Considerable 
power is required to rotate even a smooth disk at high 
speed in an atmosphere of steam or air. This power is 
necessary to overcome the fluid friction of the disk and 
to overcome the centrifugal pumping action of the disk 
that tends to make the steam move radially outward. Rea- 
sonably close clearances reduce this latter action. 

In addition to this friction and pumping action, a second 
large rotation loss arises from the fanning of idle blades 
outside the arc of admission. This “windage loss” is con- 
siderable and increases with blade speed and blade length. 
With full peripheral steam admission, the windage loss is 
negligible, but it increases rapidly with a larger inactive 
arc. If the inactive arc is well shielded, the loss is much 
reduced. 

The combined windage and friction losses may be esti- 
mated by Kerr’s equation: 


Leakage between stages and through shaft glands con- 
stitutes a large energy loss in steam turbines. Where 
leakage is out of the shaft glands, the end result is a 
reduction in steam flow through the entire following 
stages. Stage leakage through diaphragm interstage 
packing only affects the efficiency of each particular 
stage since the leakage steam stays in the turbine. 

To control leakage, diaphragm packings of the stepped 
labyrinth type (Fig. 21) are commonly used. These pack- 
ings consist of a series of thin strips or disks fixed alter- 
nately to the diaphragm and rotor to maintain the smallest 
possible leakage area without contact between parts. The 
small constrictions accelerate the leaking fluid; its re- 
sulting high velocity is then dissipated in the spaces be- 
tween the strips. The result is a controlled leakage rate 
kept within tolerable limits. Egli [8] evolved a very satis- 
factory method of estimating leakage in stepped and un- 
stepped labyrinths. The pertinent data for this method are 
given in Fig, 21 and are self explanatory. 

3.5 State Lines. Since the blade work is hi — h\, the 
power developed by a turbine stage, or its wheel horse- 
power, WHP, is 


WHP 


(W* ~ W^ihl - Ag) 
2544 


- hp f 


(75) 


where 

W t = total steam flow entering stage, lb/ hr 
W L = leakage flow, i,e. # flow that bypasses the nozzles 
or moving blades, Ib/hr 
hpf — power absorbed by windage 

The wheel work per pound, based on total flow, is 


AAjjr — 


(WHP)(2 544) 


m 


kp f = [ Ml + nk 2 (l - E)L^d M ] J (74) 
where 

hp f = horsepower loss 
d M — mean blade ring diameter, in, 
d R — disk diameter to root of blades, in, 

E — peripheral admission fraction 
L — blade height, in. 

U = blade speed, fps 

v = specific volume of surrounding atmosphere 
k x = a constant: 0.000433 for steam, 0.000422 for air 
k 2 = b. constant: 0.0388 for steam and air, unshielded; 

0.0194 for shielded wheels 
n — a constant dependent on the number of rows of 
moving blades; it is 1.0 for one row, 1.23 for 
two rows, and 1.8 for three rows in velocity* 
compounded stages 

Theoretically, a small correction should be included for 
moisture in the steam, but in normal marine turbines the 
correction is negligible. 


and the stagnation enthalpy entering the following stage 
is Ag — A h w . Included in this stagnation enthalpy is the 
velocity contribution from the preceding stage, and this 
should be corrected for the leakage flow Introduced in 
equation {7-5) by 

vi w s - m V§ 

— = — — — — (77) 

2 gJ IV S 2 gJ K } 

in this relation, the zero subscript now refers to the en- 
trance to the following stage. Usually the fraction (W s - 
IV L )/ W s is near enough to unity that it can be omitted. In 
any case, the change in stagnation enthalpies can be found 
from stage to stage by noting the work done per stage, 
and the static enthalpies can be found by subtracting the 
velocity components from the stagnation enthalpies. 

The overall stage efficiency is then the ratio of actual 
work delivered to the shaft to the available energy per 
stage, or 
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Fig* 21 Labryirtth leakage losses 
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Fig* 22 Propulsion turbine ifofc lino 


or, as a close approximation 



If the pressures P 0 for each stage are known, as they 
must be in the design process, then a stage-by-stage plot 
of the conditions for each stage can be made on the Mollier 
chart (k-s plane; see Fig. 18). When completed, the plot is 
known as the state line, or condition line, for the turbine 
as shown by Fig. 22. It is particularly useful in the analy- 
sis of extraction point conditions, since the usual require- 
ment is knowledge of enthalpies as functions of pressures. 
However, the end of this line, known as the state line end 
point (bLEP), represents the static enthalpy only, whereas 
the stagnation enthalpy of the exhausting steam must be 
known for such uses as condenser design. Thus the V\l 
2gJ component is usually added, and the resulting stagna- 
tion enthalpy at exhaust is also plotted on the state line 
diagram at exhaust pressure, This component is that 
which represents the approach-velocity input to a follow- 
ing stage, as in equation (69), but which, in the last stage 
must be wasted. It thus forms the major part of the tur- 
bine leaving or exhaust loss. 


Section 4 

External Thermodynamics of the Steam Turbine 


4.1 State Line for the Entire Unit. The wheel horse- 
power of a turbine stag's is given by equation (75) For 
each stage, the values of W s , W L , h%, h\, and h Pf are 
mirerent. The total power delivered into the turbine shafts 
tii us must be expressed as a summation of the stage wheel 
horsepowers by 


ZWHP = 


j W’s, ~ W L )(hl ~ hi) 
>-<■ 2544 


~ k Pf, 


(80) 


where i designates the individual stages. The delivered 
horsepower of the unit is then (ZWHP - RLP) Vjlt where 
ttU is the reversing turbine windage loss in horsepower, 
and is the mechanical efficiency. 

The astern turbine loss is the energy required to spin 
this turbine backwards in the atmosphere of exhaust 
steam The energy is absorbed by the steam, and subse- 
quently by the condenser. 

All losses of mechanical power that occur between the 
turbine wheel and the point of measurement are included 
m the determination of The output of a geared propul- 
sion turbine is measured aft of the low-speed gear and 
thrust bearing. The mechanical efficiency used in de- 
termining this output thus includes reduction gear losses, 
as well as bearing friction and governor-drive power of 


the turbine itself. In the case of a generator turbine, out- 
put is measured at the generator terminals, so that 
must &Iso include the generator efficiency* 

The ship designer usually cannot use equation (80) be- 
cause the terms cannot be directly evaluated. The quanti- 
ties that can be measured are the turbine shell pressures, 
throttle flow (perhaps found by measuring the condensate 
flow) power output, exhaust pressure, throttle pressure 
and temperature, and crossover pressure and tempera- 
ture. Although the details of the steam conditions implicit 
in equation (80) cannot be constructed from these mea- 
surements, the turbine state line can, and it represents 
these conditions sufficiently well for design purposes. In- 
deed, knowledge of steam flow, power output, throttle 
pressure and temperature, and exhaust pressure are suf- 
ficient for this task. 

A preliminary step is to express steam flow in unit form 
as a steam rate (or water rate) thusly: 

SR = W/SHP (81 ) 

where 

SR = steam rate, Ib/shp-hr 
IF = throttle flow, Ib/hr 
SUP — shaft horsepower 
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If RLP and shaft gland leakage are neglected, the wheel 
used energy, or the energy extracted from each pound of 
steam, is 


UE' W = 


2544 

SRt)u 


(82) 


Adding RLP, and expressing gland leakage by an effi- 
ciency, alters this to 


where 


UE W 


2544 

SRtimVl 


2544 RLP 
WrittfL 


(S3) 


UE W — wheel used energy (see Fig. 22), Btu/lb 
r) L = leakage efficiency 

UE W corresponds to 


2W - 

in equation (80). Subtraction of UE W from the throttle 
enthalpy gives the stagnation enthalpy of the exhaust 
steam. Subtraction of the exhaust loss, which consists 
mainly of the leaving kinetic energy, gives the static en- 
thalpy, and thus the state line end point. 

The engine efficiency is the ratio of the power output 
at the point of measurement to the power theoretically 
developed by an isentropic expansion of steam between 
the initial conditions and exhaust pressure. The concept 
is illustrated by Fig. 22. The engine efficiency E is 


2544 SEP _ 2544 

E ~ W(ho - h p ) (SR)(AE) 

where 


(84) 


AE = ha - hp = available energy, Btu/lb 
IF = throttle flow, lb/hr 
SR — steam rate, lb/shp-hr 

If the steam rate or engine efficiency is given or can 
be estimated, the condition line can be constructed from 
knowledge of the throttle steam conditions and the ex- 
haust pressure. 

4.2 Stole Lino Estimate*. In designing a steam propul- 
sion plant, it is usually necessary to proceed with accurate 
heat balances before the propulsion turbine is designed. 
The actual state line is thus not available when first 
needed, but since all high-quality turbines have essentially 
the same efficiency for the same steam conditions, it is 
possible to construct a state line from standard efficiency 
relationships. These relationships are: basic efficiency as 
a function of power rating, with throttle pressure as a 
parameter (Fig. 23); corrections for throttle temperature 
(Fig. 24); exhaust loss as a function of an exhaust flow- 
parameter (Fig. 25); and astern turbine loss as a function 
of exhaust pressure. The astern turbine loss can be esti- 
mated from the expression 


(85) 


where 


RL = astern turbine windage loss, percent 
P — exhaust pressure, in. Hg, abs 

The basic efficiency of turbines increases with higher 
power ratings because of the longer blades and the lower 
relative importance of internal steam leakage. It de- 
creases with higher throttle pressures because of the 
smaller volume flow, increased leakage, and increased 
moisture of the steam in the later stages. 

Corrections for throttle temperature show improved ef- 
ficiency at higher temperatures because of increased vol- 
ume flow, decreased leakage, and decreased moisture. 

The exhaust loss is a function of the parameter Wv/A 
where IF ~ exhaust flow, v exhaust specific volume, 
and A — last stage annulus area. The data in Fig. 25 are 
plotted against W/pA since p, the exhaust pressure, is 
more readily known than v, and is closely proportional to 
its inversd. Typical values of the parameter give exhaust 
losses in the range of 10 to 17 Btu/lb at rated power for 
nonextraction operation. 

The state line end point is given by 

SLEP = A, - AE ■ Ef ft = h 0 - UE SL = ( 86 > 

and the wheel used energy becomes 

UE W = h 0 - ( SLEP + EL) (87) 

where 


E b — basic efficiency, from Fig. 23 
f = temperature correction, from Fig. 24 
V E S l ~ state line used energy 
EL - exhaust loss, from Fig. 25, in Btu/lb 


The apparent wheel horsepower is UE W ■ IF/2544, and 
it is necessary to subtract leakage losses and astern tur- 
bine losses to get the shaft horsepower. These losses, L 
& w, are given by 


(3.5 + RL)SHP 
100 - (3.5 + RL) 


(88) 


where RL is the astern turbine loss as a percentage of the 
shaft horsepower from equation (85), and the 3.5 is a 
percentage allowance for combined leakage and mechani- 
cal losses. Thus the wheel used energy is related to the 
shaft horsepower by 


UEyf . W (3.5 + RL)SHP 
2544 ~ 100 - (3.5 + RL) 


and 


SR = 


W 

SHP 


(3.5 + RL) 

+ 100 - (3.5 + RL) 
2544 


(AE ■ E b - f, - EL) 


(89) 


(90) 


To evaluate EL for a given turbine design, it is neces- 
sary to estimate the value of SR or IF. By assuming that 
EL is 2 percent of the state line used energy, the weight 
flow, IF, can be closely estimated by 


RL = 0.33F 
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Fig. 23 Basic state line efficiency at fated bad 


Fig* 24 Initial temperature correction factor 


Fig, 25 Exhaust loss at rated load 
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2544 WHP 
~ 0,98 UE sl 


( 91 ) 


This value of W may then be used to read EL from Fig. 
25, assuming a value of exhaust annulus area, A, based 
on the expected frame size. Frame sizes are commonly 13, 
18, 25, or 35 ft 2 . 

The foregoing methods can be used to locate the state 
line end point. The initial point is taken to be the throttle 
conditions, less a ten percent pressure drop at constant 
enthalpy. This drop represents the loss in pressure be- 
tween the throttle and the first-stage nozzle block, and 
also serves to adjust the subsequent straight-line approxi- 
mation to a more accurate position at the lower end of the 
line. 

After the upper and lower end points are found, further 
consideration is required to establish the line between 
these points. The first stage, or control stage, exhaust is 
usually at about two thirds of the throttle pressure at full 
power. This large pressure drop takes a good ''bite 1 * out 
of the steam to permit a usable heat drop at high rates of 
flow without the stage going supersonic before 75% 
power is reached. The large pressure drop also benefits 
the high-pressure gland leakage and wheel windage loss- 
Since there is no interstage packing in the first stage, the 
efficiency of the stage is good, provided reasonably good 
blade-speed/steam-speed ratios are maintained. 

The first stage is followed by a series of pressure 
stages, with each stage increasingm efficiency until mois- 
ture losses tend to balance the advantages of reduced 
leakages and longer blades. Thus, the true shape of the 
state line should be a first stage for about two thirds of 
throttle pressure at 70% efficiency, followed by a sweep- 
ing curve to the calculated state line end point; the sweep- 
ing curve should have a maximum deviation of about 6 
Btu below a straight line drawn between the first-stage 
exhaust and the end point However, the resulting line is 
so nearly approximated by a straight line between the 
nozzle inlet point and the state line end point that most 
designers and turbine builders prefer to use the straight 
line. Since the state line is used primarily for heat balance 
work, an error of 6 Btu m estimating the enthalpy at a 
given point results in a negligible error in extraction flow. 

To arrive at a satisfactory state line for full power, it 
is then only necessary to connect, on a Mollier diagram, 
the point of initial pressure and enthalpy, h Qt with the 
point of throttle enthalpy at 90 percent of throttle pres- 
sure, and the state line end point (see Pig. 22). Extraction 
enthalpies can then be read at the appropriate shell or 
stage pressure. 

The exhaust steam leaves the turbine at a total en- 
thalpy of 


k f — hi + EL + 


2544 SHP I 


RL 


W 1 100 - (3.5 + RL) 


(92) 


This is the total exhaust enthalpy that should be used 
when establishing condenser duty. The last term repre- 
sents the reheating of the exhaust steam due to the wind- 
age losses in the astern turbine. 


4.3 Partial Flow and Extraction Pressures. A change in 
flow through a turbine, brought about by extraction of 
steam for feed heating, causes a change in pressure at 
every point (provided that flow is subsonic), even though 
the position of the state line is not significantly affected. 
A prediction of the pressure change as a function of flow 
can be made by considering the turbine as a nozzle. It is, 
of course, a collection of many nozzles, but the general 
behavior of its flow can be described by considering them 
to be lumped into a single overall nozzle. Also, the part of 
the turbine ft-om any point, such as an extraction opening, 
to the condenser can be similarly considered as a single 
nozzle for the purpose being discussed. 

Since the pressure at the condenser is very low, the 
pressure ratio from the point of interest to the condenser 
is typically supercritical, and maximum flow exists for the 
pressure at that point. Under such conditions, nozzle flow 
theory predicts that the flow parameter (W/A){yf%/ P^) is 
constant, and m fact has a value of approximately 0.40 
for superheated steam when T$ is in degrees R f P 0 is in 
psi, W is in Ib/sec, and A is in square inches. Further, for 
modest changes in conditions at a point in the turbine, the 
change in ^/T 0 is small compared to the change in P 0t and 
A is fixed, so that the relation W oc P 0 follows. The pres- 
sure at a point should thus be proportional to the flow 
from that point to the condenser, and this prediction is 
found to be essentially true m practice; it is further found 
that the pressure is proportional to the flow past the point 
in question. This additional distinction is necessary be- 
cause some of the steam passing a point may be extracted 
downstream, and therefore does not reach the conden- 
ser. 

The principle stated in the foregoing is used to find 
shell pressures at extraction points, and from them the 
extraction enthalpies following small changes in flow. The 
state line does not shift significantly because of reason- 
able extraction flows, so that the enthalpies can be read 
from the intersections of the shifted pressure lines with 
the nonextraction state line. 

The approximation outlined here l$ not quite adequate 
for reduced-power conditions, or at, unusually large ex- 
traction flows. Other techniques, such as discussed next, 
must be used. 

4.4 Lambda Ratio. For large variations in flow such 
as occur when reducing to 80% power or less, it is neces- 
sary to account for the change in efficiency because of 
the change in the ratio of blade speed to steam speed in 
successive stages. This can, of course, be done by re- 
turning to the original design and applying the theory 
discussed in Section 3 again. However, this normally can- 
not be accomplished in a timely manner, especially for 
preliminary work. The designer must therefore resort to 
other techniques based on external turbine characteris- 
tics. For this purpose, the stage group efficiency is related 
to a parameter known as the Lambda ratio. 

In any given stage of a turbine, the efficiency is a func- 
tion of the blade-speed/ steam-speed ratio. This ratio is 

V _ t rdjf 

V ~ 12Q{2gJhh‘) 112 (93) 
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Fig. 26 Variation of group efficiency with Lambda ratio 


where 

d M — mean blade diameter, in, 

N = turbine rpm 

Ah' — isentropic expansion enthalpy difference, Btu/)b 
U = blade speed, fps 

V = theoretical steam speed, from isentropic expan- 
sion, fps 

Every turbine stage has a value of U/V for which its 
efficiency is a maximum (this is shown by Fig. 18 of Chap- 
ter VI). For example, it is 0.5 for an ideal impulse stage. 
And although a propulsion turbine consists of a number 
of stages for each of which the ratio may be different, as 
when impulse and reaction stages are used in the same 
machine, there is always some value of 

y 

^ (AhT 2 

for which the efficiency of the entire turbine is a maxi- 
mum (2 implies summation over all stages). This parame- 
ter is known as Lambda, and is conventionally expressed 
as 


I v d M 2 N* 
658 - 10 s ^ AK 


(94) 


wherein the constants, including 0.5 for U/V , are in- 
cluded in the numerical coefficient. The efficiency at off- 
design points is a unique function of the Lambda ratio 

X/X 0 , i.e. 



Figure 26 is a plot of the relative efficiency of a turbine 
against X/V This plot is representative of impulse stage 
groups, but can be used to estimate the efficiency varia- 
tion of any group with good accuracy. 

Single stages, such as the first stage or control stage, 
similarly undergo variations in efficiency as a function of 
the Lambda ratio (or the velocity ratio U/V). For further 
discussion concerning turbine control, see Chapter VI. 

4*5 Nozzle Control and Reduced-Power Operation. 
Under rated conditions, the pressure drop from the throt- 
tle to the condenser is distributed among the stages with 
the first stage usually given a large share of the drop. At 
reduced power, which is obtained by reducing the first- 
stage nozzle area, the pressure distribution is altered, 


with an increased share of the pressure drop appearing 
across the first stage. If the reduction in nozzle area is 
known, the pressure at the first-stage exit can be calcu- 
lated from principles previously stated, and from this the 
new pressure distribution can be found. The method of 
calculation is trial-and-error, and consists of choosing a 
first-stage exit pressure, then checking the choice by the 
following principle: the flow that this predicts for the 
first stage must equal the flow that it predicts for the 
remaining stages. 

The flow through the first stage obeys the relation W 
k AR r which is a condensation of equation (66)- A is the 
nozzle area, whose variation is assumed to be given; R is 
the last bracketed term in equation (65), and is seen to be 
a function of the pressure ratio. A choice of pressure ratio 
therefore determines a first-stage flow. 

Critical flow can be assumed to occur through the re- 
maining stages, and thus, by the discussion of Section 4.3, 
and flow conforms to the relationship W oc /y^/TV where 

and T 0 are the stagnation conditions at the entrance to 
the second stage. Knowledge of the first-stage efficiency 
is required in order to find values of P 0 and TV The effi- 
ciency under rated conditions is assumed to be known, 
and the efficiency under the reduced-flow conditions may 
be determined by means of the relationship between stage 
efficiency and velocity ratio as illustrated by Fig. 18 of 
Chapter VI. A prior step is to make an estimate of the 
turbine rpm, since reducing the nozzle area reduces it. 
The turbine rpm may be related to other parameters by 
the following approximations: (1) steam flow ac A, (2) 
power <c flow, and (3) rpm oc ^/power. The stage effi- 
ciency and pressure ratio then determine the first-stage 
exit conditions, i.e,, P 0 and TV It is better to take these to 
be the static conditions, since the velocity component is 
not likely to be recovered in the transition to the second- 
stage inlet. 

Once P Q is determined for the reduced nozzle area, other 
stage pressures can be estimated by assuming a linear 
pressure distribution between Hie first-stage exit and the 
condenser. 

4,6 Auxiliary Turbin#*. Auxiliary turbines fall into 
two classifications; multistage machines where a signifi- 
cant effort is made to achieve good efficiency because the 
steam consumption of the unit is a fairly large proportion 
of the total, and single-stage units (usually velocity com- 
pounded) used to drive smaller auxiliaries or those infre- 
quently used. Single-stage machines generally exhaust to 
an auxiliary exhaust system at fairly high back pressures 
with the exhaust steam being used for feedwater heating. 
In some cases single-stage machines exhaust into atmo- 
spheric condensers. 

The principal application of multistage machines is for 
driving ship-service generators. They usually exhaust to 
an auxiliary condenser. In some applications, however, 
the turbine exhausts at pressures around 10 psia, and the 
exhaust is used in the low-pressure feed heater. To 
achieve an acceptable efficiency at these powers (gener- 
ally 300 to 3000 k W), it is necessary to use small-diameter 


68 


MARINE ENGINEERING 


fig, 27 Basic efficiency of multistage condensing 
turbogenerators at rated bad 
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rotors at high rotative speeds, with reduction gears* Occa- 
sionally, such a machine will also be used, direct coupled, 
for driving feed pumps. However, single-stage machines 
generally are used to drive feed pumps, as well as forced- 
draft fans and miscellaneous auxiliaries* 

Steam rates are estimated by the same methods as out- 
lined for propulsion turbines, although with less refine- 
ment. For multistage generator turbines, the efficiency is 
given for the output in kilowatts at the generator termi- 
nals, and the steam rate is expressed as 


SR = 


3412 
AE ■ E 


(96) 


where 

AE = available energy 
E — turbogenerator efficiency 

Following the procedure in reference 9, Fig. 27 gives 
the basic efficiency of a turbogenerator, E bJ as a function 
of rated capacity in kilowatts* 

Correction factors for other than standard back pres- 
sures, ft,, are also given in Fig* 27* Figure 28 shows a 
correction factor, for the initial steam temperature, 
and Fig. 29 gives a correction factor, /J,, for the initial 
throttle pressure. In addition Fig. 30 gives a correction 
factor,^, for other than rated capacity. Thus 

E = (97) 

A calculation of the exhaust enthalpy from the turbo- 
generator is necessary to establish the auxiliary con- 
denser requirements. The turbogenerator exhaust 'en- 
thalpy ts given by 

K - ho ~ < 98 ) 


fit, = throttle enthalpy 
Tjj* = mechanical efficiency 
Tfj. = generator efficiency 
= e T f g ; see Fig. 31 

The efficiency of a single-stage velocity-compounded 
machine is a function of the blade-speed/ steam-speed ra- 
tio and the windage losses. The blade-speed/ steam-speed 
ratio may be represented by the parameter 


RPM . DIA 
(&h'Y /2 


(99) 


where 


RPM = turbine speed, rpm 
DIA — mean wheel diameter, in. 

AA' = fto — h p = theoretical energy available, Btu/ 
lb, based on an isentropie expansion from 
nozzle pressure to back pressure. Custom- 
arily, an allowance of 10 percent in pressure 
drop is made between the throttle valve inlet 
and the nozzles 


Figure 32 is a plot of basic efficiency, E b , against the 
parameter, RPM • DIA/(Ah') 1/s for conventional velocity- 
compounded two-moving-row impulse turbines with a 
throttle valve control. This basic efficiency is corrected 
for superheat by the factor, f t , from Fig. 33 and then 
corrected for the operating load by the data, f L , given in 
Fig. 34. The windage loss, LHP, is based on a standard 30 
psia exhaust pressure; these losses are given by Fig. 35. 
Since the peripheral admission is usually small, windage 
losses are large. For other than standard 30 psia exhaust 
pressures, a correction must also be made for the pressure 
difference. 

The turbine efficiency at operating load is then 


BHP 


BHP + LHP 



where 

k w = exhaust enthalpy 


E = EJJ l 


( 100 ) 


INITIAL PRESSURE CORRECTION, f 

------ P INITIAL TEMP, CORRECTION FACTOR, ( f 
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STEAM TEMP. Q£S . * 

FI©. 2ft Initial temperature correction factor 
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Ftg. 29 Multistage condensing turbogenerator initial pressure correction factor 
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Fig. 30 Load correction factor 
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Fig, 32 Efficiency of single-stage (2- moving-row velocity compounded) turbines 
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SUPERHEAT. 0E6. F 
Fig, 33 Superheat correction factor 


where v is the specific volume, cubic feet per pound, of 
steam. For a first approximation, assume saturated vapor 
at the turbine back pressure. 

The exhaust enthalpy is given by 

K = *o - A ti(E) (101) 

where 

h w — exhaust enthalpy 

k 0 — initial enthalpy at throttle 

The methods given in this section for estimating the 
performance of main and auxiliary turbines are of accept- 
able accuracy for preliminary designs. Where specific 



Fig. 34 Fractional food correction factor 
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data from a chosen vendor are available, they should be 
used instead. 


Section 5 

Thermodynamics of Steam Cycles 


5*1 The Simple Steam Cycle* The most simple steam 
cycle possible consists of a steam turbine, condenser, con- 
densate pump, surge tank, feed pump, and a boiler. How- 
ever, most of these require auxiliary components in order 
to function. For example, the turbine requires a lubric- 
ating-oil system, with motor- or turbine-driven luforic- 
ating-oil pumps; the condenser requires cooling water (cir- 
culating water), which must be either pumped or scooped 


up by the forward motion of the ship; the condensate 
pump and feed pump require a source of power; and the 
boiler must have fuel-oil pumps and forced-draft fans. The 
pumps and blowers can be motor driven, with electric 
power being furnished by a generator driven off the shaft 
of the turbine, or they may be driven by small steam 
turbines or engines. It is also possible to include a turbine- 
driven generator set with its own auxiliaries. 
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Additional equipment is also required to remove air and 
noncondensable vapors that leak into the subatmosphenc 
Darts of the system. Otherwise, these vapors would even- 
tually collect in the condenser and their partial pressure 
would impair the condenser vacuum. Therefore, an air 
pump or air ejector must be included. 

The turbines also require sealing and gland leakott 
steam and a gland leakoff condenser must be included 
to condense the gland steam. Condensate from the main 
condenser is usually the source of cooling water for this 

A further complication arises from the need for a place 
where the unneeded working fluid (feedwater) can be 
stored, that is, a surge tank. At various levels of power, 
different volumes of fluid are required in the sys em, 
especially in the boilers. This surge tank can be located 
between the condensate pump and feed pump. 

Thus, the simplest possible power plant is already quite 
complex. The thermal arrangement of the plant 13 
trated in Fig. 36. The unit is assumed to develop 30,000 
shp The steam rate of the main propulsion turbines is 
calculated to be 5.46 Ib/shp-hr with throttle conditions of 
850 psia and 950 F and with the turbme exhausting to the 
condenser at 1.5 in. Hg absolute (see Kg |7b To develop 
30,000 shp, the throttle flow must be 163,800 lb/ hr. 

The generator load is estimated to be 1200 kW and the 
turbogenerator is thus appropriately rated at 1500 k _ 
The methods of Section 4.4 give a steam flow of 10,920 
Ib/hr for steam conditions of 850 psig and 950 F and a 1.5 
in. Hg abs back pressure. The total steam flow is therefore 

174,720 ib/hr. , _ . 

Now trace the steam and water flow through the cycle 
illustrated by Fig. 36. The flow exhausting from the mam 
turbine is 163,800 - 250 = 163,550 lb/hr (250 Ib/hr to the 
gland condenser) and from the auxiliary turbine is 10 870 
Ib/hr (50 lb/hr to the gland condenser). The two gland 
leakoff flows return from the gland leakoff condenser to 
the main condenser. The condensate flow leaving the mam 
condenser totals 174,720 Vh/hr, 

It is customary to assume that the main condenser 
drains are at saturation temperature and the auxiliary 
condensers have a 1 deg F drainwell depression m conden- 
sate temperature. At 1.5 in. Hg abs the saturation temper- 
ature is 91.7 F. Note that in the simple cycle illustrated in 
Fig. 36 the turbogenerator exhausts into the main con- 
denser. 

Entering the gland condenser there is a total enthalpy 
of 174,720 X 59.7 = 10,430,784 Btu/hr. The gland con- 
denser receives gland steam at 1281 Btu/lb (assumed 200 
Btu/lb less than throttle steam) and drains at a 10 deg 1 
terminal difference or 101.7 F, This adds a total of 300 X 
(1281 - 69.7) or 363,390 Btu/lb to the condensate, makmg 
a total of 10,794,174 Btu/hr entering the surge tank. The 
feed leaves the surge tank at the same enthalpy with 
which it enters. 

The feed pump puts an amount of heat into the feedwa- 
ter equal to the total power of the pump, less any friction 
in the drive system. This friction work can be neglected 
but the heat from the power input is a significant quantity. 


The power input is the total pump head in leet ot ee w a 
ter times the quantity pumped in pounds per hour, divide " 
by the mechanical equivalent of heat and the efficiency. 
Thus 


Heat equivalent of feed pump work 


t 


144&Pv/Q 

778FT 


Btu/hr 


( 102 ) 


Assuming the feed pump raises the pressure from 15 psia 
to 1015 psia, the specific volume of the water is 0.0161 
ftVlb. Wi£h a 50% pump efficiency, the heat equivalent ot 
the feed pUmp work is 1,041,313 Btu/hr. This addition of 
heat gives a total of 11,835,487 Btu/hr entering the boiler. 
Assuming no leakage of steam, the steam leaves the boiler 
at 1481 2 Btu/lb, with a total thermal energy flow of 
1481 2 x 174,720 = 258,795,264 Btu/hr. The difference 
between this total heat and that entering (258,795,264 - 
11 835 487 = 246,959,777 Btu/hr) is the net heat added m 
the boiler by the fuel. With a boiler efficiency of 88^rcent 
and a fuel having a higher heating value of 18,500 Btu/ 
lb, the quantity of fuel burned is: 


Weight of fuel/ hr 


246,959,777 

(18,500)(0.88) 


15,170 ib/hr 


The specific fuel rate is the weight of fuel per ■ hour 
divided by the net shaft horsepower, or 15,170/301)00 
= 0 506 Ib/shp-hr. The heat rate is the quantity of heat 
expended to produce one horsepower per hour and is cal- 
culated by dividing the net heat added to the plant, per 
hour, by the horsepower produced. 


Heat rate — 


(15,170 lb/hr) (18,500 Btu/lb) 
30,000 shp 


= 9,355 Btu/shp-hr 


This simple cycle omits many details that must neces- 
sarily be included in an actual steam plant. System losses 
and soot-blowing losses have been omitted, as well as 
steam for fuel-oil heating Steam and power must also be 
expended for ship services. Thus, the plant efficiency does 
not include all the energy that must be expended to pro- 
duce the power. , .. . , f 

These parasitic load requirements can be visualized U 
they are set down in a flow diagram such as Fig. 38. 
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Fig. 36 Simple steam cycle 


00ILEH 



O * FtOW, LB/Hft 

h » enthalpy, btu/lb. 


Figure 38 includes fueloil heating, steam leakage losses, 
and soot-blowing losses and has introduced a steam air 
ejector instead of an air pump. Provision has been made 
for makeup feed. Each stage of the air ejector uses 245 
Ib/hr of desuperheated steam at 1250 Btu/lb enthalpy. 
The first stage drains at 125 F; the second stage at 200 
F. Fuel oil is heated by desuperheated steam, 1050 Ib/hr 
being required, draining to a surge tank. Sootblowing 
steam and system leakage are based on reference 9. Soot 
blowing requires 760 lb/hr, and system leakage losses are 
taken as V 2 % of the total steam flow, or about 900 Ib/hr, 
Both of these items are lost and must be replaced by 
makeup feedwater introduced to the condenser. 

The thermal energy added to each pound of water by 
the feed pump is the same as in the previous example, so 
that the thermal energy added to 177,920 Ib/hr is 
1,060,384 Btu/hr. 

Allowance must be made for pressure and temperature 
drops in the main steam line. It is customary to allow 
about 2.5% on pressure, rounded up to the nearest 5 psi, 
and 5 deg F for temperature. Thus, the superheater outlet 
conditions are taken to be '875 psig and 955 F. Desuper- 
heated steam system allowances are usually taken as 2.5% 
on pressure, rounded up to the nearest 5 psi with constant 
enthalpy, so the desuperheater outlet enthalpy is 1250 
Btu/lb. The total superheated steam flow is 175,620 lb/ 
hr and the desuperheated flow is 2300 Ib/hr. 

The flow of heat in the system illustrated by Fig. 38 
may be tabulated as shown in Table 3. 

The quantity of fuel required is determined by dividing 
the fuel heat output by the boiler efficiency of 0.88 and 


the higher heating value of standard fuel of 18,500 Btu/ 
lb, to which is added 46 Btu/lb to account for the sensible 
heat added by the fuel-oil heaters (100 deg F rise at 0.46 
specific heat): 


„ , . , 250,668,237 

FUd reqU,red = (0.88X18,546) = 1W69 ' b/hr 


Dividing by the 30,000 shp output, the specific fuel con- 
sumption is found to be 0.512 Ib/shp-hr. 

5.2 Th« ftftg*n*rative Cycle. The power cycle shown 
in Fig. 38 is complete, but certain problems would arise if 
such a cycle were used. The feed temperature is extremely 
low; as a result, the economizer in the boiler would con- 
dense sulfur products from the flue gas, which would 
cause corrosion. 

The products of combustion of marine fuels include 
sulfur dioxide (S0 2 ), which, when combined with water 
vapor, forms acids such as sulfurous acid (H 2 S0 3 ) and 
sulfuric acid (H 2 S0 4 ). These acids cause cold-end corrosion 
if allowed to condense on boiler components or flue gas 
ducting. Figure 39 gives the flue-gas acid dew point as a 
function of fuel-oil sulfur content and percent excess air. 
Boiler heat-recovery devices, such as economizers and gas 
air heaters, are designed to avoid lowering the flue gas 
temperature below the expected dew-point temperature 
of the flue-gas acids. 
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fig. 38 Simple steom cycle with 
parasitic loads 
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FUEL SULFUR CONTENT. NT. t 

Fig. 39 Fhi» gai add dew point 


Further, the feedwater would have a high oxygen con- 
tent {no deaeration is provided), which would cause corro- 
sion and pitting in the boiler water sides* Entrained oxy- 
gen and air can be released by bringing the feedwater to 
a boil. By using steam, bled from the turbines, the feedwa- 
ter can be raised to the boiling temperature and held there 
in a deaerating feedwater heater in an efficient manner 
as the bled steam has already done useful work in the 
high-pressure turbine before being used for feed heating* 
Bleed feed heating may also be done after the deaerat- 
ing feed heater and feed pump* For highest efficiency, 


there should be N - 1 feed heaters, where N is the number 
of turbine stages, since this leads to maximum regenera- 
tion, but such an array of heaters and bleed points is not 
justified in marine service* Stationary practice employs 
an extensive number of heaters, but such plants are not 
restricted by the space limitations of a ship's engine 
spaces, and they de velop much higher power, so that addi- 
tional complexity is justified* 

The general practice of bleeding can also be used for 
miscellaneous heating services, such as fuel heating, hotel 
services, and distilling plants; therefore, these services 


Table 3 Heat flow tabulation for simple steam cycle shown in Fig* 38 




Condensate Flow 



Ib/hr 

Btu/lb 

Btu/hr 

Leaving main condenser 

Air ejector in tercon denser 

AJr ejector after condenser 

Gland exhaust condenser 

176,276 

196 

294 

300 

59.7 

(1250 - 93) 

(1250 - 168) 
(1281 - 168) 

10,523,677 

226,772 

318,108 

333,900 

Condensate to surge tank 

176,276 

64.7 

11,402,457 

Fuel oil heating drain at 200 F 

Gland condenser drain at 200 F 

Air ejector after condenser drain at 200 F 

1,050 

300 

294 

168 

168 

168 

176,400 

50,400 

49,392 

Total leaving surge tank and entering feed pumps 

177,920 

65*6 

11,578,649 

Feedpump regain 

Total to boiler 

177,920 

71*6 

1,060,384 

12,739,033 


The boiler output is then: superheated steam 

175,620 X 1483.5 

= 260,532,270 Btu/hr 

desuperheated steam 

2,300 x 1250 

= 2,875,000 

Total 

177,920 lb/ hr 

263,407,270 Btu/hr 

Feed input 


12,739,033 

Net heat output from fuel 


250,668,237 Btu/hr 
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Toble 4 Gland exhaust condenser heat balance under bleed-steam conditions 



Ib/hr 

Btu/lb 

Btu/hr 

Leaving the main condenser 

Air ejector intercon denser 

Air ejector after condenser 

Glana exhaust condenser 

176,276 - 0.4297 Q , 

196 

294 

300 

59.7 

(1250 - 93) 

(1250 - 168) 

(1281 - 168) 

10,523,677 - 25.65 Q, 
226,772 

318,108 

333,900 

Total leaving gland exhaust condenser 

176,276 - 0.4297 Q, 


11,402,457 - 25.65 Q, 


are included in the heat balance. Also, in some regenera- 
tive cycles bleed steam may be used for heating the incom- 
ing combustion air to a higher temperature in a steam air 
heater. This type of heating also recovers the latent heat 
of vaporization. Steam air heaters are generally used in 
cycles where the feedwater is heated to a maximum of 
about 28 5 F, so that economizers may be used as the sole 
heat-recovery unit in the boilers. Where feed tempera- 
tures are higher, gas air heaters are generally used. 

Consider a simple single-heater cycle, using a deaerat- 
ing feed heater, and otherwise identical with the cycle of 
Fig. 38, Steam could be bied at the crossover pipe between 
the HP and LP turbines at 86,5 psia. (Assume crossover 
pressure — 0.1 initial absolute pressure) and 1273 Btu/ 
lb, and led through a pressure regulator, set at 50 psia, 
to a deaerating heater. The bled steam and the incoming 
feedwater could be sprayed together, resulting in a satu- 
ration temperature of 281 F, 250,1 Btu/lb enthalpy. Bleed- 
ing steam from the crossover would reduce the horse- 
power developed since less steam passes through the low- 
pressure unit. To compensate for this, the throttle flow 
must be increased. 

Let Qf be the quantity of steam bled in lb/hr and &Q t 
the increase in main throttle flow required. Then, using 
the figures developed in Fig. 37, the reduction in heat 
available to the turbine is 

Loss heat — £1/(1273 — 906.7) 
and the flow needed to replace this heat is 
&Q t (1481.2 - 996.7) 

Equating these gives 

AOf = 0.5703 Q r 

Then, leaving the exhaust of the LP turbine, the steam 
flow would be 

163,550 + &Q t ~ Qj — 163,550 - 0.4297Q, 

Employing the procedure used in Section 5,1, the con- 
densate beat entering the gland exhaust condenser is as 
given in Table 4. 

Since the after condenser drains and gland exhaust con- 
denser drains could no longer flow to a surge tank (now 
the deaerating feed heater), they would be collected in a 
freshwater drain collecting tank (FWDCT) and pumped 
into the deaerating feed heater. The deaerating feed 
heater would also be enlarged to allow it to act as a surge 
tank, and the combined unit would be called a deaerating 
feed tank (DFT). A balance around the DFT gives the 
values shown in Table 5. 

Since the DFT enthalpy is 250.1 Btu/lb: 


(177,920 0.5703 Q r )250.1 = 11,678,649 + 1247,35 Qj 

Qj = 29,708 lb/hr 

The total flow to the boiler is 

177,920 + (0.5703X29,708) = 194,862 Ib/hr 

Assuming the same pump efficiency, the feed pump re- 
gain per pound of water is unchanged (i.e., 6 Btu/lb), so 
that the generator load should have increased somewhat, 
but this can be balanced by the decrease in boiler forced- 
draft blower power requirements. 

The total enthalpy of the feedwater is 

194,862(250.1 + 6) = 49,904,158 Btu/hr 

to the boiler, and the boiler output is 

(194,862 - 2300)(1483,5) - 285,665,727 Btu/hr 
(2300)(1250) - 2,875,000 

Total boiler output = 288,540,727 
less feed input — 49,904,158 
Net heat input to boiler = 238,636,569 Btu/hr 

Dividing the net boiler heat input by a fuel heating 
value of 18,546 Btu/lb and a boiler efficiency of 88% gives 
fuel oil requirements of 14,622 lb/ hr. Dividing by the 
30,000 shp output results in a specific fuel rate of 0.4874 
Ib/shp-hr, This is a saving of 4,8% over the simple cycle, 
and in addition the boiler is protected from corrosion, 

A further gain in efficiency accrues in this cycle. In 
the high-pressure turbine, more steam passes than in the 
nonbleed condition, and less passes through the low-pres- 
sure turbine. Since the exhaust annulus is the same as 
before, the volume flow is reduced, and the leaving veloc- 
ity must be less also. The apparent exhaust flow is 163,800 

— 0.4297 X 29,708 = 151,034 Ib/hr (apparent flow is 
throttle flow less any bleed but including the gland leak- 
off steam). The exhaust annulus is 25 ft 2 , so 151,034/ 
(1.5)(25) = 4028, and from Fig, 25 the exhaust loss = 9.9 
Btu/lb and k w — 985.9 -3* 9.9 — 995,8 Btu/lb, vice the 
996.7 Btu/lb shown by Fig. 37. 

Then, the horsepower developed by the LP turbine is 

(1273 - 995.8X151, 034V2544 = 15,824 

1.04 

and the horsepower developed by the HP turbine is 

— (1481,2 - I273)(151,034 + 29,708)/2544 - 14,223 
1.04 

and the total is 30,047 shp. 

Thus, the reduced steam flow in the LP turbine slightly 
increases the turbine efficiency, and the calculation must 


conditio ns 

Gland condenser drain 
Bleed flow 
F.O, heater drain 


294 

300 


+ Qi 


Total leaving surge tank 


1050 

177.920 f 0.5703 $, 


168 

168 

1273 

16S 


11,402,457 - 25.65 $, 
49,392 
50,400 

+ 1273 Q, 

176,400 

11,1178,649 + 124X35$; 


Toble 6 



* » M 1 

Ib/hr 

iicqt oaiance 

Btu/lb 

with corrected flow rotes 
Btu/hr 

Leaving main condenser 

Air ejector intercondenser 
Air ejector after condenser 
Gland exhaust condenser 

Total to surge tank 

After condenser 

Gland condenser drain 

Bleed flow 

Fuel oil heater drain 

Total leaving surge tank 

176,006 - 0.4289 Q, 
196 

294 

m 

££i 7 

(1250 - 93) 
(1250 - 168) 
(1281 - 168) 

10,507,558 - 25.61 Q~ 
226,772 

318,108 

333,900 

176.006 - 0.4289 $, 

294 

300 

+ Qr 

1050 

177,650 + 0.5711$; 

168 

168 

1273 

168 

11,386,338 - 25.61 Q s 

49,392 

50,400 

+ 1273 Qj 

176,400 

11,662,530 + 1247.39 Q, 


be repeated wkh a new ratio of A Q,/Q, and a new non- 

S pn ° W 'i S T e th Z e *J must ^thalpy has been changed, 
Lhe equivalent nonbleed water rate is 

1.04 x 2544 

1481.2 - 995.8 5,451 lb/sh P- hr 

Then, the throttle flow is 

5.451 x 30,000 + A Q t = 163,530 + a Q t 
and 

^Qt ~ (277.2/485,4) Q, = 0.5711 Q r 
and the exhaust flow is 

163,530 - 250 f A£ ~ Q, = 163,280 - 0.4289 Q r 

where the 250 Ib/hr is the gland leakoff steam. 

I he flow leaving the condenser is: 

Main turbine exhaust 163,280 - 0.4289 Q, 

i urbogenerator exhaust 10 870 

Makeup feed 2,660 

-4ir ejector drain ’jgg 

Total 17^006 - 0.4289 £ Ib/hr 

A revised surge tank heat balance that incorporates the 
flow corrections is shown by Table 6. P 

The DFT outlet enthalpy is 250.1 Btu/lb; therefore 

(177,650 + 0.5711 £,>260.1 = 11, 662,530 + 1247.39 £ 

f ° r eXtr r ti0n fl0W Q ' **» a 

feed mm consequently, with the 6 Btu/lb 

ri77 re £ ain > the total energy flow to the boiler is 

49,835,011 Btu/hr, The boiler output is 


The fuel consumption is now 14,602 Ib/hr, and the spe- 
cific fuel consumption is 0.4867 Ib/shp-hr. ^ 

A second iteration need not be carried out since the 
further change m exhaust loss is now very small. 

5.3 Heat Balance Calculations. The fuel ratf Pn l-„t a 
tions of Section 5.2, with the accompanying flow diagram 
are properly called a heat balance. Most heat balances are 
completed by placing the estimated and derived values on 

ih theTe^ SUCh E diagram is of ma i° r importance 
m the design of the power plant since the operating char- 

~i £ s*r s d ■“ « d “ 

The preparation of a heat balance is usually the first 
S’ m ] ™ tialm £ the design of a steam propulsion plant 
The results of the preliminary heat balance are the funda- 

dSS St t0 inquiries, and also for such plant 

maSb S kS T S1ZI ? g ° f piping - The first beat balance 
may be done from the approximate data in reference 9 

but, subsequently, data supplied by the component ven- 
dors are used to update the calculation. 

In the last example in 5.2 a direct solution of the heat 
balance problem was presented. Obviously this problem 
would be more difficult if several bleed points are needed 
and more heaters employed, especially if the bleed pres- 
sures vary with flow. The problem becomes even more 
omplex if ships service steam is added to the balance 
, Some marine engineers prefer to use an indirect trial- 
and-error solution by assuming a condensate flow leaving 
!?* , n condenser and then deriving the bleed require 
ments by applying the first law of thermodynamics to 
each heater. The ealn,.To+,'„„ ^ , , • y *. w 


(194,592 - 2300)1483.5 = 285,265,182 Btu/hr 
J2300)(1250) = 2,875,000 

Total output = 288,140,182 Btu/hr 
. r , „ ^put = 49,835,0 11 

Net heat from boiler = 238,305,171 Btu/hr 


Se shp that m ?? iS CompJeted b y calculating 
" P th . at result from this trial flow. A second 

sho k th?t 3 U at '°a n n t u hen Carried 0ut until the calculated 
A? “ ? ^ desired. Other marine engineers prefer to use 

direct solution by developing a set of simultaneous equa- 

,n 2f constants and an unknown boiler evapo- 
ration rate, E. The equations are then solved to obtain the 
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total boiler evaporation, E, and the various other flows. 
For a description of this method, see reference 10. 

The direct solution method given in reference 10 can be 
further simplified by expanding the equation for apparent 
wheel horsepower 

i 

WHP = (103) 

2544 


the desired shaft horsepower. For marine turbines the 
mechanical losses (turbine bearings, gear bearings, tooth 
mesh, and windage) and part of the external losses (tur- 
bine radiation and net end packing leakage) are assumed 
to be a constant 3.5%. The remaining external loss, astern 
turbine windage (RL), in percent is a function of exhaust 
pressure and is determined from equation (85). The wheel 
horsepower then becomes 


where Q { is the flow through a given stage and h { the 
enthalpy drop through a given stage. The resulting equa- 
tion is 

(E - G)(h a - A,) + (E-G- B,}(h x - hj 
+ {E-G-B 1 ~ B&hz - Ad + . ■ ■ 

+ (E — G - B, - B 2 - . . . - hj (103a) 

WHP = 

2544 

where 

E = total boiler evaporation 
G = steam from boiler to auxiliaries ' 

= extraction steam flows at various bleed points 
n = number of extractions 
k a = throttle steam enthalpy 
h n = enthalpy at extractions 
h S! = h a - UE W 

In application the required wheel horsepower is first cal- 
culated by adding the mechanical and external losses to 


WHP = SHP 


1 + 


3.5 + RL 


100 - (3.5 + RL) 


(104) 


The enthalpies at respective extraction points are deter- 
mined from the Mollier diagram by noting the intersection 
of the turbine state line and the extraction pressure. The 
steam flows to auxiliaries, direct from the boilers, are 
estimated from their respective duties. The extraction 
steam flow from each bleed point is calculated, in terms 
of E, from the duty of the feed heater or air heater served 
by the extraction and the consumption of other auxiliaries 
being served by the extraction. It is possible to get all 
extraction flows in terms of E and one or more constants. 

Figure 40 is a completed flow diagram for a marine 
steam turbine power plant. The example plant produces 
30,000 shp in a cycle with four stages of feedwater heat- 
ing, which yields a final feedwater temperature of 426.7 
F. The plant is fitted with a rotary regenerative air heater 
and operates with 850 psig and 950 F throttle conditions 
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flow diagram 


and 1V 2 in. Hg condenser pressure. An overview of the 
heat balance calculation follows. 

The first step is to estimate optimum bleed points by 
starting with an assumed crossover pressure of 10% of 
the main throttle pressure. Since the chosen plant uses 
a rotary regenerative air heater, the feed temperature 
leaving the deaerating feed tank is independent of the 
condensation temperature of the sulfur products in the 
flue gas. Ideally it would be desirable to have the deaera- 
tor operating at the main turbine crossover pressure mi- 
nus system pressure losses. To prevent deaerating pres- 
sure fluctuation, as power levels change, and 
consequential boiler feed pump suction pressure prob- 
lems, the deaerating pressure is set at 62.7 psia, about 
75% of the crossover pressure. This pressure setting will 
allow for continued extraction to an approximately 75% 
flow through the turbine, which corresponds to about 75% 
of rated power. To provide heating steam when no bleed 
steam is available (as for example, when going astern), 
makeup steam is supplied from the desuperheated system 
through a pressure regulator set at 57.7 psia. At certain 
times, there may be too much auxiliary exhaust steam, so 
a back-pressure regulator, set at 67.7 psia, will discharge 
excess steam to the auxiliary condenser. Thus the auxil- 
iary exhaust system can fluctuate only between 57,7 and 
67,7 psia. This limit should be sufficient to prevent the 
feed suction water from the DFT from flashing during 
maneuvering, especially if the DFT is placed well above 


the pump (40 to 75 ft). Note that since this is a direct- 
contact heater, there is no terminal temperature differ- 
ence and the deaerating feed tank outlet temperature is 
295.6 F. 

When preliminary estimates are made, and a specific 
turbine has not been selected, the design of the turbine 
stages and their corresponding pressures are not known. 
It should be assumed that the pressures most desirable 
for the overall cycle performance are available. These are 
obtained in an optimized cycle by dividing the state line in 
equal enthalpy rises above and below the crossover point. 
Once the optimized stage enthalpies are known, they are 
marked off on the state line and the corresponding stage 
pressure, noted. For bleeds over 30 psia assume a 7% pres- 
sure drop at constant enthalpy to the feedwater heater 
being served. For other bleeds assume a 10% pressure 
drop at constant enthalpy. 

The optimum bleed point for the low-pressure stage is 
selected by locating the 1130.8 Btu point (half way be- 
tween crossover bleed and state line end point) on the 
state line and noting this point corresponds to the 12 psia 
pressure line. Using a 10% pressure drop the first-stage 
(LP) heater shell pressure is calculated to be 10.8 psia. The 
corresponding saturation temperature is 196,9 F. Since a 
10 deg F terminal difference is usually needed between 
the heating steam and heated water in a shell-and-tube 
type heat exchanger, the condensate outlet temperature 
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is 186.9 F. The heater drain is assumed to have no subeool- 
ing and is, therefore, at 196.9 F, 

As with the LP heaters, the optimum bleed points for 
the HP heaters are selected so that the turbine state line 
is divided into equal enthalpy drops. Other considerations 
may result in the first extraction (final heater) enthalpy to 
be rounded lower than that necessary for equal enthalpy 
drops. The first-extraction stage pressure of 356.7 psia 
and a second-extraction stage pressure of 180.7 psia are 
obtained from the Mollier diagram. Since the third- and 
fourth-stage heater supply steam have over 200 F of su- 
perheat (760 F actual temperature and 426.7 F saturation 
temperature; 617 F actual temperature and 367.6 F satu- 
ration temperature, respectively), the heat exchangers 
have a desuperheater section and a 0 deg F terminal tem- 
perature difference is used. Using a 7% system pressure 
drop yields shell pressures of 332 psia for the fourth-stage 
and 168.3 psia for the third-stage heaters. 

The amount of bleed steam necessary for the heaters 
is obtained by performing a weight flow and heat flow 
balance for each heater. In all cases simultaneous equa- 
tions in terms of E can be written, inserted into equation 
(103a), and solved. 

As noted on the heat balance flow diagram, Fig. 40, the 
calculated overall fuel rate for this 30,000 shp four-heater 
cycle plant is 0.460 lb/shp-hr. This result is based on fixed 
bleed points, which are assumed to be available, and this 
preliminary heat balance can be considered suitable for 
preliminary specifications and contract negotiations. Once 
the contract is settled and the steam turbine manufac- 
turer is chosen, the balance must be reworked. In this 
instance, the bleed pressure is considered to be a variable 
that is linearly proportional to the flow beyond the bleed 
point. Thus, when the apparent exhaust steam flow is 
estimated, the pressure can be read directly from shell 
pressure curves such as those given in Fig. 12 of Chapter 
6. Then the enthalpy of the bleed can be read from a state 
line. This permits a calculation of the low-pressure bleed 
flow; therefore, the flow past the intermediate bleed and 
high-pressure points can be derived and the bleed pres- 
sures and enthalpies can be read. The remainder of the 
calculation proceeds as before. 

5,4 High-Performance Cycles, The choice of the steam 
propulsion plant cycle arrangement requires a careful eco- 
nomic balance between the relatively simple cycles having 
two stages of feedwater heating and the more complex 
four- and five-heater cycles. The cycles having larger 
numbers of feedwater heaters are higher in first cost and 
in maintenance costs, but lower in fuel costs. They are 
usually favored for ships of high power, which spend a 
large fraction of their time at sea. 

Once the gains in fuel economy from regenerative feed 
heating have been fully exploited, additional gains must 
come from raising the initial pressure and temperature of 
the steam supplied to the turbine. However, vanadium 
attack on superheater tubes effectively limits the maxi- 
mum practical steam temperature for marine plants to 
about 950 F, so that raising the temperature above this 
value must await significant improvements in metals and 
fuels technology. On the other hand, the pressure can be 


raised and, if higher pressures are used in conjunction 
with reheating, worthwhile improvements in the fuel rate 
can be achieved. 

Reheating involves returning the steam to the boiler 
following partial expansion through the turbine. The par- 
tially expanded steam is heated to a temperature approxi- 
mately equal to the initial temperature in a separate su- 
perheater (the reheater ), then returned to complete its 
expansion through the turbine. Typical reheat cycles use 
steam initially at 1435 psig, 950 F, and four or five stages 
of feedwaler heating. Fuel rates of about 0.39 lb/shp-hr 
are possible under such conditions. 

Reheat plants are common in stationary practice, many 
using two stages of reheat and twelve or more stages of 
feedwater beating. Such plants are economically justified 
because the total horsepower ratings are much higher 
than in iparine practice. 

Because it is impractical to pass steam back to the re- 
heater ddring astern operation, the reheater must be pro- 
tected by means such as bypassing the hot gas away 
from it when the ahead throttle is closed. Other solutions 
involve controllable-pitch propellers, reversing gears, and 
electric transmission; all of these methods of astern opera- 
tion allow the turbine to run in a single direction, therefore 
steam always passes through the reheater. 

With the usual cross-compound articulated reduction 
gear, a convenient arrangement for a reheat plant would 
be one with the reheater receiving the high-pressure tur- 
bine exhaust and returning it to the low-pressure turbine. 
This arrangement is not used, however, because it would 
require a reheat pressure of about 50 psia, necessitating 
large connecting pipes, a large reheater, and exhaust 
steam that is slightly superheated, A condenser with a 
desuperheating section would be much larger than the 
conventional unit. The turbine arrangement normally 
used with 1450 psia, 950 F steam consists of a high-pres- 
sure turbine that exhausts to the reheater, an intermedi- 
ate-pressure turbine that receives the reheated steam, 
and a low-pressure turbine. The HP and IP units can be 
mounted on the same shaft in the same casing, with their 
high-temperature ends back to back. Thus there are only 
two input pinions, as with the conventional nonreheat 
turbine. 

Predictions of a reheat turbine state line during prelimi- 
nary design studies are more difficult than for nonreheat 
turbines, since there is a wider range of characteristics 
that affect the line. Nonetheless, as a first estimate of 
a suitable state line, the high-pressure turbine exhaust 
pressure can be selected at about 20% of the throttle pres- 
sure, and a state line can be constructed with an efficiency 
of 70% (excluding bearing and gear losses), A 10% loss of 
pressure in the reheater may be assumed. The balance of 
the state line can be constructed using the method out- 
lined in Section 4.2, 

Figure 41 illustrates the state line of a propulsion tur- 
bine with reheat. Figure 41 is for a total shaft horsepower 
of 30,000 hp, throttle conditions of 1450 psia and 950 F, 
and an exhaust pressure of 1.5 in. Hg. The turbine exhaust 
area is taken as 18 ft 2 . With a high-pressure turbine ex- 
haust pressure equal to about 20% of the initial pressure 
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and a reheater pressure loss of about 10%, the pressures 
to and from the reheater are determined to be 290 psia 
and 260 psia, respectively. 

Employing the data shown on Fig. 41, the reheat turbine 
basic efficiency may be computed from the expression 




0.742 4 - 0.032 


' SHP x AE) 
,1000 {AE + 


n 

r 4 i 
1 + 77 

/ J 

■F 2 . 


(105) 


E b = 0.865 


and the temperature correction may be computed as 
T + 4100 


a = 


5000 
ft = i.oi 


(106) 


The state line used energy for the low-pressure turbine is 

UE sl = EJ t {AE) (107) 

UE sl — 449 Btu/lb 


With an astern turbine loss of 0.5% [see equation (85)], 
a first estimate of the steam flow is determined to be 
138,400 lb/hr from equation (91); therefore 


W 

PA 


138,400 

(1.5X18) 


= 5130 



ENTROPY 


Fig. 41 Estimate of state line for propulsion turbine with reheat 

and the exhaust loss, EL, is 13.6 Btu/lb from Fig. 25. 
Finally, the steam rate for the reheat turbine can be com- 
puted to be 4.63 Ib/shp-hr. 

The power consumed by the feed pumps is high because 
of the high boiler pressure; consequently, pump drives 
having a high efficiency are desirable. To accomplish this, 
the feed pumps may be driven by a pinion from the main 
reduction gear. In other designs the feed pumps are 
driven by a shaft extension from the turbogenerator. 

Guidelines for performing reheat power plant heat bal- 
ances are given in reference 11. 


Section 6 

Diesel Engine Thermodynamics 


6.1 Diesel Cycle, The thermodynamic cycle on which 
diesel engines operate is based on the work of Rudolph 
Diesel (1858-1913). Whereas Dr. Diesel used a four-stroke 
mechanical cycle engine in his work, the thermodynamic 
diesel cycle is also applicable to the two-stroke mechanical 
cycle. 

The thermodynamic diesel cycle is graphically shown in 
Fig. 42. A cycle that more closely approximates the actual 
processes in diesel engines is the dual-combustion cycle, 
which is analyzed in Chapter 3. The diesel cycle consists 
of an isentropic compression process (1-2), a constant-pres- 
sure combustion process (2-3) followed by an isentropic 
expansion process (3-4), and finally a constant-volume ex- 
haust process (4-1). The application of the four-stroke me- 
chanical cycle to a diesel thermodynamic cycle engine can 
be related to Fig. 42(a) as intake stroke (0-1), compression 
stroke (1-2), power stroke (2-3-4), exhaust and exhaust 
stroke (4-1-0), The application of the two-stroke mechani- 
cal cycle to the diesel thermodynamic cycle can be related 
to Fig. 42(a) as compression stroke (1-2) and power stroke 
(2-3-4). Exhaust and scavenging take place in the constant- 
volume process (4-1), theoretically, when the piston is at 
the bottom-dead-center (BDC) position. Figure 42{b) 


shows the thermodynamic cycle on the temperature-en- 
tropy, T-S f plane. 

The characteristic feature of the diesel cycle is injection 
of the fuel, theoretically starting at the end of the com- 
pression stroke [top dead center (TDC)], and continuing at 
such a rate that the burning process proceeds at constant 
pressure (2-3). Normally only air is in the cylinder during 
the compression stroke. To initiate combustion the tem- 
perature of compression, T 2t must be above the auto-igni- 
tion temperature of the fuel. 

6-2 Diesel Cycle Thermal Efficiency, For a first ap- 
proximation it is common practice to analyze the diesel 
cycle using the concepts of the air-standard cycle. In the 
air-standard cycle the mass and properties of the fuel as 
injected and the working fluid are assumed to have the 
properties of air throughout. Furthermore, the heat added 
is assumed to be the energy released by the reaction of 
the fuel with the air. Although gas (air) tables should be 
used, it is customary to assume constant specific heats 
for the air. 

For isentropic compression 
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(a) pressure-volume plane 

fig. 42 Dietol cycle 



where k is the ratio of specific heat at constant pressure 
(Cj) of air to the specific heat at constant volume (cj of 
air. For air the value of k is approximately 1,4 The term r e 
is called the compression ratio. Note that the temperature 
terms in equation (108) are in degrees absolute. 

The thermal efficiency of the air-standard diesel cycle 
is: 



Qa - Or 

Qa 


(109) 


where the work, W r is the difference between the heat 
added, Q A , and the heat rejected, Q x . The heat rejection 
process is a constant-pressure process and consequently 
Q K = — Uj. Accordingly the cycle efficiency can be 

expressed as: 


Qr _ i __ ^ ^i) 

Qa 7y 


(T< - Td 
h(T 3 - Td 


( 110 ) 


where u is the internal energy and h is enthalpy. Applica- 
tion of the isentropic compression equation (108) and 
Charles' Law, T s /T 2 = V t fV v allows T s to be written in 
terms of T t : 


T 3 = T 2 = T t r{-* @ = T, rjf - 1 r k (111) 


The ratio r k = V 3 i V 2 is called the fuel cutoff ratio. By 
using the converse of equation (108) for isentropic expan- 
sion and noting V 4 = V u T 4 can be expressed as 



= TA (112) 

Substituting equations (108), (111), and (112) into equation 
(110) yields: 


TA - Tl 

k(TA~ l r k ~ T, r*~i) 


= 1 - 


* r g - 1 

rf-'Ufo - 1) 


(113) 


The efficiency of the Otto cycle, a constant-volume, heat- 
addition, spark-ignition cycle, is the same as equation (113) 
without the bracketed factor 


<n4) 

Since the bracketed factor is always greater than 1, it 
follows that for a constant compression ratio, r cl the Otto 
cycle has a higher efficiency than the diesel cycle. Actual 
diesel engines must reach temperatures above the auto- 
ignition temperature of the fuel at the end of the compres- 
sion stroke, and since only air is being compressed, 
precluding detonation of a fuel-air mixture, they operate 
at significantly higher compression ratios. Diesel engines 
generally have compression ratios above 13:1; however, 
some large turbocharged engines have compression ratios 
that are somewhat lower. Most naturally aspirated, high- 
speed diesel engines operate with compression ratios of 
19-20:1. Although the power of a diesel cycle increases 
with increased cutoff ratio, the thermal efficiency of the 
diesel cycle decreases. For actual engines the maximum 
practical cutoff ratio is on the order of 10% of the stroke. 
Above 10%, excessive fuel will be injected in the cylinder 
and smoking will occur. 

As an example of the application of equation (113), as- 
sume an engine operating on the air-standard diesel cycle 
has a compression ratio, r cl of 20:1, a cutoff at 10% of 
stroke, the engine is at operating temperature, and k — 
1.35, (See Section 6.3 for an explanation of the reason for 
assuming that k has a value of 1,35, instead of 1.4) Note 
that with a 20:1 compression ratio, the V 2 is at 5% of the 
stroke from TDC; therefore, r k = 0,10/0.05 = 2:1: 
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[2 1 - 35 - 1 ] 

1 

[2.54 - 1' 

1 1-35(2-1) J 

” 1 ” 2.85 

[ 1-35 


« 1 - 0-40 = 0.60 

It must be noted that the 60% thermal efficiency calcu- 
lated above does not account for the combustion efficiency 
or the mechanical efficiency of the engine. The most effi- 
cient diesel engines can be expected to have overall effi- 
ciencies on the order of 50% and corresponding specific 
fuel rates of 0.3 3b/bhp-hr or somewhat less. 

6.3 Diesel Cycle Ignition Requirements. The ideal air- 
standard diesel cycle incorporates two isentropic pro- 
cesses. The equations governing isentropic compression 
and expansion are written in terms of dimensionless ratios 
raised to powers, which are a function of the ratio, k, of 
the specific heats. Since diesel engine cylinders are cooled 
to temperatures below the average temperature of the 
cylinder gas during compression and expansion, it is more 
accurate to consider the processes polytropic and replace 
k by n in the appropriate equations noted above. For most 
diesel engines at operating temperature the polytropic 
constant, n t is between 1.3 and 1.35. For cold engines, as 
during starting, the polytropic constant is approximately 
1 , 2 . 

To further illustrate the use of the above equations, one 
can look at a hypothetical diesel engine having a compres- 
sion ratio of 20:1. If one assumes that the engine is “cold” 
and that the air in the cylinder at the start of compression 
is at 14.7 psia and at 60 F, equation (108) can be used to 
calculate the temperature of the air charge at the end of 
the compression stroke. 

r 2 = T x ly ) = (60 + 460) f jj = 947 R = 487 F 

For ignition to take place, upon the injection of the fuel 
into the cylinder, the auto-ignition temperature of the fuel 
must be below 487 F, Some fuel oils have auto-ignition 
temperatures below 487 F, but to insure auto-ignition, it 
will be necessary to ensure that the fuel being used has an 
ignition quality index (formerly stated as cetane number) 
high enough to yield combustion with this relatively low 
compression temperature. The ignition quality of a fuel 
influences the starting and combustion roughness of an 
engine. 

To ensure starting under cold-starting conditions, the 
designer of a diesel engine provides some method of add- 
ing heat to the compression gas. These methods include 
the use of jacket-water heaters, air heaters, glow plugs, 
or auxiliary fuel and are most important when it is desired 
to use fuels with a low ignition quality, or when the en- 
gines are to be started in a cold environment. An alterna- 
tive to using one of the above methods of assisting the 
starting process is to raise the compression ratio of the 
engine. It must be noted that unnecessary raising of en- 
gine compression ratio results in undue engine loads and 
increased engine weight. One need only to examine the 
pressure at the end of the compression stroke of the above 


hypothetical engine in the hot running condition to ap- 
preciate the forces involved. The pressure at the end of 
compression is 


fVi\ n /20\ lB& 

P 2 - Piiyj = (H.7) fyj - 839.4 psia 

6*4 Mean Effective Pressure. As noted above, the effi- 
ciency of the diesel cycle depends upon the compression 
ratio, r c , and the cutoff ratio, r k , A quantity of special 
interest to designers and operators of diesel engines is the 
work, W f done on the piston divided by the displacement 
volume, V x — V z . The dimensions of this quotient are 
those of pressure. The essence of this quantity is an effec- 
tive constant pressure which, if exerted on the piston for 
the entire power stroke, would yield work equal to the 
work of the cycle. This quantity is called the mean effec- 
tive pressure, MEP: 


MEP 



(115) 


The MEP represents the height of a rectangle whose 
enclosed area is equal to the enclosed area of the P-V 
diagram (I-2-3-4-1) for the diesel cycle illustrated by Fig. 
42(a), Since it represents the work the gas does on the 
piston acting through one stroke, it can be related to the 
power produced by an engine by the expression 


PLAN 

33,000 


(116) 


where 

hp = horsepower 

p = mean effective pressure (MEP), psi 
L = length of stroke, ft 
A — area of piston, m, 2 
N = number of power strokes per minute 

In slow-speed diesels and larger medium-speed engines, 
the mean effective pressure can be obtained by attaching 
an indicator or an IMEP meter to each cylinder of the 
engine. In higher-speed engines, indicator cards (P-V dia- 
grams) may be obtained electronically. The pressure so 
determined is called the indicated mean effective pres- 
sure, IMEP. The IMEP is a measure of the energy applied 
to the engine by the working fluid. A correlative to the 
IMEP is the brake mean effective pressure, BMEP. The 
BMEP is found by measuring the engine power with a 
dynamometer and solving equation (1 16) for the mean 
effective pressure. If the BMEP is divided by the IMEP, 
the result is the mechanical efficiency of the engine. 

Examining the P-V diagram for a diesel cycle shows 
that varying the cutoff ratio, r k , has a profound effect on 
the area under the curve and, therefore, the mean effec- 
tive pressure and power produced by the engine. 

As an example consider a six-cylinder, two-stroke en- 
gine with a 25-in. bore, and a 95-in. stroke operating with 
an IMEP of 200 psi at 120 rpm. To calculate the indicated 
power produced, the number of power strokes per minute 
must be determined and substituted in equation (116). 
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Since each cylinder makes one power stroke per revolution 
in a two-stroke engine, the number of power strokes per 
minute is 

N = (6 power strokes/rev) (120 rpm) 

— 720 power strokes/min 


The indicated power developed by the engine is 


ihp = (200 lb/in. z ) 


f 95 \/ir\ (25 in.)*<720/min) 

,12 ^V\4/ (33,000 ft-lb/min-hp) 


= 16,957 hp 


Section 7 

Gas Turbine Thermodynamics 


7.1 Bray ton (Ga« Turbine) Cycle* Gas turbines oper- 
ate on a thermodynamic cycle that can be idealized as the 
Brayton cycle. As indicated by Fig. 43(a), the Brayton 
cycle consists of an isentropic compression process (1- 
2), a constant-pressure heat-addition process (2-3), and an 
isentropic expansion process (3-4) followed by a constant- 
pressure heat-rejection process (4-1). Figure 43(6) shows 
the cycle on a temperature-entropy, T-S f plane. To achieve 
the processes required of the Brayton cycle, four basic 
components must be included, namely, a compressor (1- 
2), a combustor or heat source (2-3), a turbine (3-4), and a 


2 3 



1 * 


VOLUME, V 

(A) PRESSURE-VOLUME PLANE 



(B) TEMPERATURE- ENT ROPY PLANE 

Fig* 43 Brayton cyolo 


heat sink (4-1). The net work, W mxt is the difference be- 
tween the expansion work, W tf and the compression work, 
W cm The pumping power, W a required in a Brayton cycle 
is high, consuming between 40% and 70% of the expansion 
work, W t ) depending on the pressure used in the cycle* If 
the cycle 4$ a closed cycle, as in Fig* 44(a), the heat sink 
is a simple heat exchanger. If the cycle is an open cycle, 
as in Fig* 44(6), the heat sink is the atmosphere, which 
receives the turbine discharge at a high temperature and 
supplies the compressor with cool air. For the Brayton 
cycle to be practical, two criteria must be met: the turbine 


HEAT 

SOURCE 



SINK 

{A} CLOSED CYCLE 



( B ) OPEN CYCLE 

Fig. 44 Goj turbine cycles 
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inlet temperature, T 3) must be high and the efficiencies of 
the compressor and turbine must be high* 

7.2 ideal Brayton Cycle Efficiency. The Brayton cycle 
is commonly analyzed as a closed air-standard cycle. In 
an air-standard cycle the working fluid is assumed to be 
air throughout and often the specific heat of the air is 
assumed to be constant. In an open air-standard cycle the 
mass and properties of the fuel are neglected and the 
heat added is assumed to be the energy released by the 
combustion of the fuel* 

The thermal efficiency of the Brayton cycle is: 

_ ^ net _ Qa ^ Qft _ ~~ ^ 2 ) (^4 k\) 

Qa Qa — ^2) 



where 

Q a = heat added to cycle 
Q r = heat rejected from cycle 
k — enthalpy at select cycle state points 

Assuming a constant specific heat, equation (117) can 
be written as: 


>1=1- 


A - T z 


(118) 


Noting that the processes (1-2) and (3-4) are isentropic 
processes and that the pressure ratio, r p7 is p 2 /pi = p 3 / 
p^ the relationships for the isentropic process tempera- 
tures are: 


for compression: — — 

/T. 


T s fp? 

for expansion: — = [ — 


(*-1 v* 


= (119) 




= i»~w* (120) 


From equations (119) and (120) it can be seen that 


= or = H 


T< 


Tx 


The use of some algebra yields 

r< - Tx r, n 

T s - T, 


( 121 ) 


( 122 ) 


from which equation (118) can be rewritten in the follow- 
ing form: 


T T 

V - 1 - ^ - 1 - if ( 123 ) 

a 2 1% 

Writing the temperature ratio of equation (123) in terms 
of the pressure ratio, as noted by equation (120) yields 

1 “ 1 - ^ < 124 > 
T P 



Fig. 45 Gos tyrbin* efficiency versus pressure ratio 


7,3 Efficiency of o Simple Cycle Gas Turbine* Exami- 
nation of equation (124) suggests that increasing the com- 
pression ratio of a gas turbine will increase the thermal 
efficiency. Although true for the ideal Brayton cycle, one 
must note that the improvement in efficiency is followed 
by a decrease in work per unit mass of the working fluid, 
air. In addition one must note that for an actual turbine 
the Brayton cycle efficiency is modified to reflect the ef- 
fect of compressor efficiency, 17 <r turbine efficiency, 17,, 
and pressure ratio, r P , as well as the effect of the compres- 
sor inlet temperature, 7*,, and the turbine inlet tempera- 
ture 2V The gas turbine simple cycle efficiency can be 
written as: 


U = 



- T x - Ur 1 ;-"' ~ 




(125) 


Examining the Brayton cycle efficiency modifying 
term, the left side of equation (125), one notes that in 
addition to a high compressor efficiency, turbine effi- 
ciency, and pressure ratio, the higher the turbine inlet 
temperature, T 3t and the lower the compressor inlet tem- 
perature, T lf the more efficient the cycle will be. Since the 
compressor inlet temperature is set by the local ambient 
temperature, the variable temperature is the turbine inlet 
temperature, In a gas turbine the turbine inlet temper- 
ature is limited by material limitations and component 
cooling techniques. Gas turbine designers can control the 
turbine inlet temperature by adjusting the amount of ex- 
cess air supplied to the combustor* The more excess air 
supplied, the lower the turbine inlet temperature. 

The result of equation (125), assuming 85% for the com- 
pressor and turbine efficiencies, is shown graphically in 
Fig* 45. Examination of Fig. 45 shows that for each tur- 
bine inlet temperature there is pressure ratio that yields 
a maximum thermal efficiency. 
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Fig. 46 Regenerative gas turbine cycle 


*net 


7.4 Regenerative Cycle Efficiency. Another way of in- 
creasing the efficiency of a gas turbine is by employing 
the concept of regeneration, in which heat that would 
normally be rejected into the low-temperature sink is used 
to preheat the air going into the combustion chamber. 
Figure 46 shows a regenerative gas turbine cycle. Regen- 
eration can be applied to a gas turbine only if the turbine 
exhaust temperature T t is higher than the compressor 
outlet temperature, T 2 . From the equation for isentropic 
compression, equation (119), and T t can be seen to be 
related by the pressure ratio, r p . 

The thermal efficiency of a regenerative gas turbine 
cycle is 

W _ q a - q r _ (A a -kg- (aj - kg 
v ~oi = — q a (126) 

Assuming a constant specific heat, equation (126) can he 
written as 


(T 3 - r 2 ) - {T\ - TJ 
(T* - Td 


(127) 


On a temperature-entropy plane the ideal regenerative 
cycle appears as shown in Fig, 47* The area under curve 
4-4' represents the heat absorbed from the exhaust and 



Fig, 47 Idea] regenerative ges turbine cycle 


added to the combustion air. The area under curve 2-2' 
represents the heat absorbed by the combustion air. Note 
the two areas are equal. Consequently, equation (127) can 
be writtep as 


(T t - Td - (Tj ~ T_g _ _ {T a - T, \ 

(T s - n U - TJ 


(128) 


Equation (128) can be rewritten as 

T\ U7VJ\ - 1) 1 
T a [l- T 4 /T 3 ) J 


V = 1 


(129) 


Using equations (119) and (120) it can be shown that 


TJ = 1 


T 

_i r (k- li/k 
Tc rp 


(130) 


It is interesting to note that as with a regenerative 
cycle, the efficiency increases with increased turbine inlet 
temperature but decreases with pressure ratio* With a 
particular turbine inlet temperature, the thermal effi- 
ciency of a regenerative gas turbine cycle peaks as a 
pressure ratio much lower than with a simple Drayton 
cycle. Since most aircraft-derivative gas turbines have 
high pressure ratios, they cannot be operated regenera- 
tive ly* 


Section 8 

Waste Heat from Diesel and Gas Turbine Engines 


BJ Internal-Combustion Engine Watte Heat. A large 
fraction of the heat input to an internabcombustiorL en- 
gine, either diesel engine or gas turbine, is wasted as 
sensible and latent heat in the exhaust gases* Smaller 
but significant fractions are lost via cooling of the jacket 
water, lube oil, and inlet air (turbocharged engines with 
aftercoolers only). For example, the fractions of heat in- 
put going into the waste heat streams of an internal com- 
bustion engine are approximately as follows: 


High-Speed 

Engine 


Low-Speed Gas 

Engine Turbine 


to exhaust 

0.35 

to jacket water 

0.15 

to lube oil 

0.05 

to aftercooler 

0.05 


0.25 

0.65 

0.07 

.. . 

0.03 

0.005 

0,13 

. . , 


As the internal-combustion engine becomes more effi- 
cient, the amount of waste heat decreases and the avail- 
ability of the waste heat also might decrease* Of all the 
waste heat available from internal-combustion engines. 
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the exhaust heat has the greatest availability and can 
easily be used to produce usable steam, Whereas high- 
speed, four-stroke diesel engines have full-load exhaust 
temperatures of approximately 1000 F, low-speed, two- 
stroke, long-stroke diesel engines have full-load exhaust 
temperatures of approximately 500 F. Gas turbines have 
full-load exhaust temperatures of approximately 900 to 
1000 F. In evaluating the amount of exhaust waste heat 
available, one needs to also examine the amount of ex- 
haust gas flow. Four-stroke diesel engines have exhaust- 
gas flows of about 10 to 15 lb/bhp-hr, two-stroke engines 
about 15 to 18 lb/bhp-hr, and gas turbines about 20 to 35 
lb/bhp-hr. 

The heat rejected by internal-combustion engines to 
jacket water (diesels), to lube oil (diesels and gas turbines), 
and aftercoolers (diesels) is low-availability heat (90 to 300 
F) and, consequently, has only limited uses aboard ship. 

8.2 Steam from Waite Heat. Steam can be produced 
in a heat exchanger (waste-heat boiler) located in the ex- 
haust ducts of diesels and gas turbines. The maximum 
steam pressure obtainable in a simple waste-heat boiler is 
limited by the exhaust-gas temperature, but otherwise the 
pressure is set by considerations regarding the use of the 
steam and the quantity needed. Supplemental firing may 
be used to increase the amount of steam generated, but 
when supplemental firing is used, the fuel so consumed 
must be added to the fuel consumed by the prime mover 
when calculating the overall plant efficiency and fuel rate. 

If steam is to be used solely for low-temperature heat- 
ing purposes, a relatively low pressure, say 15 psig, may 
be adequate, but usually the heat available is far in excess 
of low-pressure heating needs. On diesel ships that burn 
high-viscosity fuels, a minimum steam pressure might be 
set by the need to heat the fuel to the range of 250 to 300 
F (100 psi). Often, in ships with a high propulsion power, 
the ship-service electrical needs at sea can be met by 
waste-heat steam supplied to a turbine generator. The 
higher the steam pressure, the lower will be the turbine 
steam consumption, but also the lower will be the quantity 
of steam that can be produced. Figure 48 illustrates alter- 
native steam production at 50, 100, and 150 psig, showing 
that with the same inlet temperatures, and same "pinch 
point,” more steam is produced and more energy is ab- 
sorbed at progressively lower pressures. The minimum 
temperature difference, or “pinch point,” as indicated, is 
usually the governing consideration in the steam quantity 
that can be produced. Pinch points from 20 to 90 deg F 
are reasonable with typical values being 40 to 50 deg F. 
Large pinch point values result in smaller (less expensive) 
waste-heat boilers, but less heat absorbed or lower steam 
pressures. If high-pressure steam is required of a waste- 
heat recovery unit, additional steam is sometimes ob- 
tained at a lower pressure in a second boiler downstream 
of the first. Multi-pressure waste-heat boilers are com- 
monly used in slioreside cogeneration power plants to 
optimize the thermal efficiency of the plant and occasion- 
ally have been used in ships. 

The minimum temperature to which the exhaust gas is 
cooled is also a limitation since, in order to avoid corrosion 



Fig. 40 Steam and engine exhaust -gas temperatures and heat transferred 
for different steam pressures for a 7500-bhp diesel engine 


in the cold end of the boiler and stack, the temperature 
should not be allowed to drop below the add dew point. 

Waste-heat steam systems are designed in a variety of 
forms, but generally contain the components expected in 
a self-contained system. The designer, in making a heat 
balance, applies the same techniques outlined earlier in 
this chapter. Provisions must be made to control the steam 
pressure and temperature, which would otherwise vary 
with the steam demand, and with the quantity and temper- 
ature of the exhaust gas that the engine supplies in meet- 
ing the propulsion load. If a reasonably constant steam 
pressure is desired, and waste-heat energy is available, 
an automatic steam dump (to condenser) system can be 
provided. In some fire-tube arrangements, the boiler wa- 
ter level can be varied to control the steam pressure and 
quantity. An alternative is to provide for supplemental 
firing prior to the waste -heat boiler or to fire the standby 
oil-fired boiler when the pressure drops below a preset 
value* 

Design calculations require knowledge of the exhaust- 
gas quantity, temperature, and specific heat. These will 
differ among different engines, but Figs. 49, 50, 51, and 
52 (from reference 12) give fairly typical values for large 
tw r o-stroke turbocharged marine engines. The exhaust 
gas from two-stroke diesels generally has properties that 
are about the same as boiler flue gas with 100% excess 
air. 

The design of the boiler heat transfer surface is largely 
a problem of convective heat transfer, and in principle is 
the same as for the oil-fired boiler designs discussed ear- 
lier, except that the intertube radiative conductance will 
be so low that it can be neglected. 
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Fig, 49 Typical diesel engine exhaust flow and temperature 



AMBIENT TEMPERATURE 4 V 

Fig. 50 Typical effect of ambient tempera tere on diesel engine exhaust 
flow and temperature 



Fig* 51 Typical effect of back pressure and aftercooler outlet temperature 
* on diesel engine exhaust temperature 



Fig* 52 Typical diesel engine exhaust-gas specific heats for a two-stroke 
turbocharged engine 
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Fig. 54 Design-point beat-balance diagram for a combined gas turbine and steam turbine (COGAS) cycle 


8.3 Us« of Diesel Engine Cooling Water Heat. Approx- 
imately 20 to 25% of the total energy supplied to some 
diesel engines is lost through the cooling water. De- 
pending on the engine design, there may be various cool- 
ing-water circuits servicing the engines, each operating 
at a different temperature and, consequently, different 
waste-heat availability. The most typical cooling- water cir- 
cuits are the jacket- water circuit, the lubricating-oil cir- 
cuit, and the turbocharger aftercooler circuit. 

Diesel engines operate with jacket-water temperatures 
of 150 to 250 F. At the low-temperature range the avail- 
ability of the coolant is so low that the only practical use 
of the heat is as a source of heat for the ship s vacuum 
freshwater distilling plant, Engines using high-tempera- 
ture jacket cooling systems can supply jacket-water heat 
to absorption air-conditioning units in addition to distilling 
plants. 

As with jacket-water heat rejection, the lubricating-oil 
heat rejection can vary in temperature (110 to 190 F) and, 


consequently, the availability and quantity of the energy 
vary. For practical purposes the availability of this energy 
is too low to be effectively used aboard ship. 

Cooling water coming from turbocharger aftercoolers 
of highly turbocharged engines, while low in quantity, is 
often of sufficiently high temperature (250 to 300 F) to be 
used for preheating waste-heat boiler feedwater, for an 
absorption air-conditioning system, or for other relatively 
high-temperature, low-demand services. 

It must be noted that when using cooling-water waste 
heat, the device extracting the heat (distilling plant or 
absorption air-conditioning system) acts as a variable heat 
sink. The system must be designed so that under all op- 
erating conditions, the appropriate amount of heat is dissi- 
pated from the system, and the addition of a heat-re- 
claiming device in a cooling system cannot endanger the 
prime mover. Fully equipped, full-sized cooling systems 
are, therefore, installed in addition to any heat-recovery 
provisions. 
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PERCENT or PLAMT RATmQ 

Fig, 55 Performance 0 f 0 combined gas turbine and iteam turbine cycle 
at fractional power 

8*4 Uje of Gat Turbine Was! e Heof * Exhaust-gas heat 
from gas turbines can be used to produce steam in the 
same manner as for diesel engines, and for the same pur- 
poses. Since gas turbines operate with higher specific air 
flow rates and, therefore, higher exhaust-gas flows, as 
well as generally higher exhaust-gas temperatures, than 
do diesels, the heat available tends to be greater than with 
diesels. In fact, there is sufficient energy available to 
suggest use of the steam in a propulsion steam turbine 
geared to the propulsion shaft in parallel with the gas 
turbine in a so-called Combined Gas And Steam (COGAS) 
arrangement. Perhaps 20 to 35% of the total power can 
be produced by the steam turbine, with a consequent re- 
duction in the fuel rate obtained with the combined cycle 
system. For a high utilization of the waste heat in a propul- 
sion turbine, a multi-pressure waste-heat boiler and a 
mixed-pressure steam turbine (intermediate-pressure 
steam inducted at an appropriate stage) must be used. 

The design objective in a combined gas turbine and 
steam turbine plant is usually a minimum propulsion fuel 
rate, and its attainment requires balancing between gas 
turbine and steam turbine requirements. For instance, the 
thermal energy in the exhaust is an inverse function of 
the gas turbine efficiency, so that the less efficient the 
gas turbine* the greater the energy available to the steam 
turbine* Figure 53, which was taken from an analysis in 
reference 13, illustrates this point The figure shows the 
combined fuel rate as a function of gas turbine pressure 
ratio* For a simple gas turbine plant with typical compo- 
nent efficiencies, these curves would show a sharp de- 
crease in fuel rate as the pressure ratio is increased from 
low values, until a minimum is reached at a pressure ratio 
in the neighborhood of 12 to 14. Instead, the curves are 
essentially flat in this range. The explanation is that an 
increasing efficiency for the gas turbine is accompanied 
by less energy in the exhaust and, consequently, less con- 
tribution to shaft horsepower from the steam turbine. 


Figure 54 is a heat balance diagram for a combined gas 
turbine and steam turbine plant [13]* Note that the fuel 
input is only to the gas turbine, as the heat for the boiler 
for the steam turbine is from the gas-turbine exhaust 
Observe also that the gas leaves the high-pressure boiler 
at 440 F* and thus still has considerable thermal energy 
available for the production of additional steam at a lower 
pressure* A second, low-pressure boiler is provided to 
make steam for the deaerating feed heater or for use in 
a mixed-pr^sure steam turbine. 

The heat balance shown in Fig. 54 is for design power. 
It is also of interest to see how the important parameters 
change as the load is reduced. Figure 55, also from refer- 
ence 13. illustrates part-load performance. Actually, the 
effect on the system parameters is influenced by the man- 
ner in which the plant load is controlled. For the example 
given, the fuel flow to the gas turbine is controlled to 
maintain a governed gas-generator rpm. The steam tur- 
bine is uncontrolled, with the output being determined 
solely by the energy available in the gas turbine exhaust 
An important characteristic of COGAS plants is their abil- 
ity to maintain a high efficiency down to low fractions of 
rated power output; this is because the declining effi- 
ciency of the gas turbine tends to be offset by an increas- 
ing heat recovery for the steam turbine* 
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Alan L Rowen | Diesel Engines 
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Introduction 


1 . 1 Scope. This chapter is intended to provide the ma- 
rine engineer with information relevant to the application 
of diesel engines of conventional and common design to 
ships. Engines of conventional and common design are 
taken as reciprocating, compression-ignition engines with 
stationary cylinders arrayed in-line or in a V-configura- 
tion, with the pistons driving a horizontal, rotating crank- 
shaft located below' the cylinders* Only generalized per- 
formance data and details are included. For specific data, 
reference should be made to the publications of the engine 
manufacturers. 

1.2 Basic Principles and Description* Diesel engines of 
conventional design are shown in Figs. 1, 2, 3, and, sche- 
matically, in Fig. 4* In these engines, gas pressure in the 
cylinder acts on the piston, forcing it down during the 
power stroke to drive the crankshaft through connecting 
rods* The extreme positions reached by the piston corre- 
spond to the top and bottom dead center positions (TDC 
and BDC) of the crank, and are so designated* The inside 
diameter of the cylinder is the bore. The distance traveled 
between dead centers is the stroke, and the corresponding 
volume is the swept volume, or displacement, of the cylin- 
der. The volumes above the piston at the extremities of 
its travel are the clearance volume or compression volume 
at TDC, and the cylinder volume at BDC. The ratio of 
cylinder volume to clearance volume is the nominal com- 
pression ratio* 

The cycle on which diesel engines operate is illustrated 
in Fig* 5, in which the pressure in the cylinder is plotted 
against the volume of the combustion space. The solid line 
is an idealization of the cycle, discussed in detail in Section 
2 ; the actual cycle is more realistically represented by the 
dashed trace. A charge of air, trapped in the cylinder when 
the air valves or ports are closed, is compressed on an 
upward stroke of the piston (1-2 in Fig* 5), until its temper- 
ature is sufficiently high to ignite fuel, which is injected 
as the piston approaches TDC. Initially, the fuel bums 
rapidly, leading to a corresponding rapid rise in pressure 
as the piston passes through TDC (2-3)* Fuel injection is 
continued for a period determined by the power required 
from the engine, so that the cylinder pressure remains 
high even as the piston begins to descend, until all of 
the fuel has been burned at (4), The gases then expand, 
continuing to force the piston down to complete the power 
stroke (4-5)* At the end of the power stroke, the exhaust 
ports or valves are opened at (5), and the gas pressure is 
released (5-1). 

The term compression-ignition refers to the fact that 
the fuel is ignited only by the high temperature of the 
compressed charge, and is one characteristic of the cycle* 
Another characteristic is the extension of the fuel injec- 



Fig. y engine with cylinders in-line 


tion, and therefore of the combustion period, into the 
power stroke* In fact, as originally conceived by Rudolf 
Diesel, there was to be no initial rapid combustion, and all 
of the fuel was to bum as the piston descended. While the 
solid trace of Fig. 5, with combustion divided into the 
initial, constant-volume phase followed by the constant- 
pressure phase, is more representative of modern diesel 
engines, the term diesel cycle is reserved for cycles in 
which all combustion occurs at constant pressure. 

All the processes of the cycle can be made to occur in 
one cylinder during a single revolution of the crankshaft, 
corresponding to two strokes of the piston, or they may 
occur over two revolutions, that is, in four strokes. Both 
versions of the cycle are illustrated in Fig. 4* In the four- 
stroke cycle an initial downward stroke of the piston 
draws in the air to charge the cylinder; this is followed by 
the compression stroke, with the fuel being injected as 
TDC is approached, then a downward power stroke, and 
an upward exhaust stroke. In the two-stroke cycle the 
charging and exhaust processes must occur without pis- 
ton assistance, while the piston passes through BDC. The 
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2 Low-speed engine 



Fig. 3 Med i Mm- speed engine with cylinders in a V-configuratlon 


air supply for a two-stroke engine must, therefore, be 
under pressure to scavenge the cylinder of exhaust gas, 
and then fill it with a charge of air. It would seem that, 
with each cylinder of a two-stroke engine undergoing a 
power stroke in every revolution, a two-stroke engine 


should develop twice the power of an otherwise similar 
four-stroke engine; however, the intervening strokes of 
the latter permit higher component stresses and, there- 
fore, more intensive power strokes, which provide a com- 
pensating influence. Both versions of the cycle have their 
places in the spectrum of engines produced. 

While the air for a two-stroke engine always enters 
through ports near BDC, the exhaust gas may exit 
through valve-controlled ports in the cylinder head as in 
Fig. 4, or through a second row of ports near BDC, as in 
Fig. 6. The first arrangement is referred to as uniflow 
scavenging, and the second, usually, as loop scavenging. 
While loop scavenging offers the advantage of simplicity, 
it generally results in cycles that are less efficient than 
those with uniflow scavenging. 

In general, a cylinder consists of a cylinder liner that is 
inserted in a cylinder block and enclosed at the top by a 
cylinder head to form the combustion space above the 
piston. One exception to this description is the opposed- 
piston engine, represented by Fig. 7, in which each cylin- 
der houses two pistons that move in opposite directions 
to form the combustion space between them. 

Most engines are single-acting, which means that the 
combustion space exists only at one end of the cylinder. 
Few, if any, double-acting engines remain in marine 
service. 

The reciprocating motion of the piston is converted to 
the rotary motion that drives the crankshaft by the wrist 
pin (also called the cross head pin, piston pin, or gudgeon 
pin), the connecting rod, and the crank, which consists of 
the crankpin and webs on the crankshaft. If the wrist pin 
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is carried by the piston itself, as in Figs. 1 and 3, the 
engine is called a trunk-piston engine, and the alternating 
transverse force, which is called the normal force because 
it is normal to the direction of piston motion, and which is 
developed at the wrist pin as the connecting rod turns 
the crankshaft, must be transmitted through the lower 
portion of the piston (the piston skirt) and cylinder liner 
to the engine frame and foundation. 

Figure 2 shows a crosshead engine, in which a piston is 
rigidly connected to a erosshead by a piston rod, and the 
wrist pin is carried by the cross head. The crosshead is 
constrained to reciprocate by stationary crosshead guides, 
on which its shoes or slippers slide, transmitting the nor- 
mal force to the engine frame and relieving the cylinder 
liner and piston skirt of this load. The piston, piston rod, 
crosshead, connecting rod, and crankshaft are known col- 
lectively as the running gear. 


In the largest engines, as illustrated in Fig. 2, the crank- 
shaft is supported by main bearings that are carried in the 
engine bedplate. Vertical frames or columns are bolted to 
the bedplate and are connected longitudinally to provide 
a stiff crankcase, which constitutes the principal support 
structure for the cylinder blocks, and which carries the 
erosshead guides. In smaller engines a single cast or fabri- 
cated frame may serve as the support structure, as shown 
in Figs. 1 and 3. 

Cycle events are made to occur in correctly timed se- 
quence by the camshaft, which is carried in bearings that 
are supported in a camshaft housing. The camshaft is 
driven from the crankshaft, usually by timing gears, but 
on some engines by a chain and sprocket drive. V-engines 
usually have a separate camshaft for each bank of cylin- 
ders, as in Fig. 3. 
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Scavenging Scavenging 

Fig, 6 Two-stroke cycle; loop versus ontflow scavenging 

1.3 Engine Types. Broadly speaking, engines of con- 
ventional design fall into either a low-speed category or 
the medium- and high-speed category. Low-speed engines, 
as in Fig. 2, are generally intended for the direct drive of 
ships' propellers without any speed-changing device and, 
therefore, are restricted to an rpm range for which effi- 
cient propellers can be designed, generally below 300 rpm 
and possibly as low as 55 rpm at rated power* Low-speed 
engines are two-stroke, crosshead engines, with four to 
twelve cylinders, which are always in-line, always turbo- 
charged, and always aftercooled. The stroke-to-bore ratio 
of low-speed engines in current production is about 3:1. 
These engines are heavy (see Fig. 8) and very large, but 


they are well suited to operation on low-quality fuels and 
generally require only modest levels of maintenance* 

Medium- and high-speed engines are typified by Figs. 1 
and 3. Because of their higher rpm, these engines drive 
propellers through speed-reduction gears, but they are 
directly connected for driving generators* With a few but 
notable exceptions, these are four-stroke, trunk-piston en- 
gines, which have up to ten cylinders in-line or up to 24 
in a V-configuration, and are mostly turbocharged and 
aftercooled* Stroke-to-bore ratios range from 1:1 to 1*5:1* 
The upper t limit of the medium-speed category, and the 
start of the high-speed category, is generally placed in the 
range of 900 to 1200 rpm, but there are no clear physical 
features that enable the distinction to be made. At one 
time, the mean piston speed was used as a defining param- 
eter, but the traditional boundaries fail for many engines* 
These engines tend to be lighter (see Fig. 8), more com- 
pact, and'lower in acquisition cost than low-speed engines 
of comparable power output Many of these engines have 
a proved heavy-fuel capability, but most evidence indi- 
cates that maintenance costs are higher than those of low- 
speed engines that are run on fuels of similar poor quality* 
Some engines, especially those in the higher-speed cate- 
gory, are restricted to distillate fuels. 

A notable exception to the typical characteristics of 
tow-speed engines is a group of four-stroke, trunk-piston 
engines that are designed to be directly connected to pro- 
pellers. This class of engine is indigenous, in both manu- 
facture and application, to the Far East. These engines 
are built with six or eight cylinders, in-line; they are rated 
for TO to 700 kW per cylinder at speeds of 200 to 500 rpm. 

A notable and common exception in the medium- and 
high-speed category is the series of two-stroke, trunk- 
piston, medium-speed engines produced in turbocharged 
and mechanically blown versions that dominate their field 
of application in American waters, despite their require- 
ment for distillate fuels; these are built only in a V-config- 
uration. The highest rated of these engines, with 20 cylin- 
ders, has an output of more than 3000 kW at 900 rpm. 

Diesel engines of virtually all types have been used for 
driving generators, whether for diesel-electric propulsion 
applications (see Chapter 8) or for ships’ services* 

1,4 Turbocharging* Although some applications may 
be best served by normally aspirated or mechanically 
blown engines, the vast majority of main propulsion en- 
gines and generator-drive engines are turbocharged and 
aftercooled. An engine and its turbocharger(s) are interde- 
pendent in their performance; a defective or mismatched 
turbocharger will preclude proper engine performance, 
while, at the design level, the availability of turbochargers 
with improved performance characteristics may enable an 
engine design to be upgraded to a higher performance 
level. Figure 9 shows a typical turbocharger. The rotor is 
driven solely by the engine exhaust gases. 

The principal reason for turbocharging, or for super- 
charging in any form, is to increase the power output of 
an engine of given size and speed, by enabling the cylin- 
ders to be charged with air at an elevated pressure (the 
boost pressure) and, therefore, at a higher density than 
air at atmospheric pressure. (The ratio of boost pressure 


DIESEL ENGINES 


95 



Fig* 7 Opposed -piston engine 


to atmospheric pressure is the boost ratio.) Since the cylin- 
ders then contain a greater mass of air, a correspondingly 
greater mass of fuel can be burned, and the engine output 
can be higher. Some of this effect will be lost, however, 
if the air leaving the compressor is not cooled, because 
the temperature rise of the air during the compression 
process has the unwanted effect of decreasing the air 
density. In most applications, after coolers are fitted at 
the compressor discharge to remove the heat of compres- 
sion and thereby increase the density of the delivered air. 
Turbocharging tends to reduce fuel consumption be- 
cause the friction losses of the turbocharged engine do 
not increase as fast as the increase in power output, and 
because the improved charging results in better combus- 
tion conditions. 


A turbocharger may be operated on the constant-pres- 
sure principle or the pulse principle* When the exhaust 
valve or port of a cylinder first opens, the gas enters the 
exhaust system at relatively high pressure and velocity, 
which then diminish quickly as the exhaust process contin- 
ues, leaving a brief energy pulse. In constant-pressure 
turbocharging, the exhaust gas from all of the cylinders 
enters a common manifold, from which the turbocharger 
is supplied. The pulses dissipate into the manifold with 
only limited useful recovery of the energy in the pulse, 
although even this recovery can be enhanced if the entry 
is via a diffusing section, as in Fig. 1. The energy can be 
recovered more effectively if carried right through to the 
turbine in small-bore exhaust pipes, as shown in Figs. 3 
and 7* The principal tradeoff between the two systems 
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Notes: (1) The specific weight plotted is for the bare engine, without auxilia- 
ries, accessories, foundations, or liquids. 

(2) The specific fuel consumption is that published by the manufacturers, 
based on shop tests with distillate fuel. 

Fig. 8 Specific weight and fuel consumption of diesel engines 


is in the turbine operation, with the turbine supplied at 
constant pressure generally operating more efficiently at 
high engine output levels, while pulse-charged turbines 
are generally more efficient at low engine output levels, 
and more responsive to changes in engine output. When 
pulse converters are fitted in pulse-charged systems, the 
resulting turbine performance is a compromise between 
the two extremes. 

A turbocharger is matched to an engine as the design 
of the engine is developed. If, subsequently, a turbochar- 
ger of imp roved efficiency becomes available, replace- 
ment with the upgraded turbocharger may be feasible. 
Such a replacement has the potential of improving the 
engine design and rating by providing a higher boost pres- 
sure or greater rate of air flow. There are three ways 
that the operation of an engine can be altered to take 
advantage of an improved turbocharger; 

* By 'changing the exhaust timing of the engine or 
the ; configuration of its exhaust system, an engine's 
efficiency can be improved without altering its 
rating. 

* A higher boost pressure may permit the engine out- 
put to be increased; if the engine components are 
redesigned appropriately, a new generation of en- 
gines can result, with a higher power output and 
higher efficiency. In most cases, in fact, as more 
efficient turbochargers have become available, en- 
gine components have been upgraded in order to 
permit the potential for higher ratings to be realized. 

* An excess turbine output potential can be exploited 
by using an exhaust gas turbine as described in 
Section 9.7. 


Air inf low 



Exhaust from 
Engine 


To Uptake 

X\ 


Fig, 9 Turbocharger with "uncalled 1 ' casing that is 
cooled only in way of the turbine bearing. In 
way of the compressor intake, the upper half 
illustrates the connection for external supply; 
the lower half, a direct air intake 
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Two- stage turbocharging arrangements, in which two 
turbochargers are connected in series, usually with 
charge air coolers at each compressor discharge, have 
been used to attain higher boost pressures than even the 
most efficient turbochargers could achieve in a single 


stage. In most applications the purpose of two-stage tur- 
bocharging is to obtain very high power output, which is 
used infrequently, from engines that are constrained in 
space and weight However, the high power output is 
generally achieved at a reduced efficiency. 


Section 2 

Thermodynamic Analysis 


2.1 The Air-Standard Cycle, The air-standard, dual- 
combustion cycle, which appears as the solid trace in Fig. 
5, is a widely used theoretical representation of the events 
that occur in a diesel cylinder. Although air-standard cy- 
cles are completely idealized, they are useful for analysis 
and for demonstrating principles. More rigorous theoreti- 
cal treatments can be found in references 1 and 2. 

a. Cycle description, The initial pressure in the cyl- 
inder at the BDC position, P l} is the charge pressure. 
Ideally, it would be equal to the ambient pressure in nor- 
mally aspirated engines, and to the boost pressure in su- 
percharged engines. In the air-standard analysis, the com- 
pression stroke is assumed to commence immediately, as 
soon as the piston moves away from BDC. The compres- 
sion process, 1-2, is then assumed to occur adiabatically 
and Isentropically, that is, without friction, turbulence, or 
heat transfer. The pressure reached at TDC, P 2j is the 
compression pressure, and the corresponding tempera- 
ture is the terminal compression temperature. The con- 
stant-volume process, 2-8, and the constant-pressure pro- 
cess, 3-4, are heat- addition processes representing the 
heat released in combustion during the initial process of 
rapid combustion, and the subsequent process in which 
fuel burns as it is injected, while the piston begins its 
descent. The constant pressure, which is maintained from 
3 to 4 in the air-standard cycle, is called the maximum 
pressure. At 4, the addition of heat ceases and the air is 
assumed to expand isentropically, forcing the piston down 
to BDC at 5, A constant-volume heat-rejection process, 
5-1, representing the exhaust of the hot gases and the 
charging of the cylinder with fresh air, completes the 
cycle. 

The dashed trace in Fig. 5 shows the pressure-volume 
relationship actually achievable in an actual cycle with the 
same heat input, and in a cylinder of equal dimensions. 
The largest discrepancy between the two traces results 
from the fact that the compression stroke in the actual 
cycle cannot begin until the air ports or valves are closed, 
by which time the piston will have traveled 10% to 20% of 
its stroke. 

b. Cycle parameters. The dual-combustion cycle can 
be described by several ratios of pressures and volumes: 

The compression ratio, r c = V 1 / V 2 (1) 

“ ^BDC^^TDC 

Representative values of compression ratios are in the 
range of 20 for normally aspirated engines, but are lower 
for turbocharged engines, to limit the compression and 


maximum pressures. A minimum value of about 8 is neces- 
sary to ensure that the terminal compression temperature 
is sufficient to ignite the fuel. 

The pressure ratio or explosion ratio, = P g /P 2 (2) 

The pressure ratio characterizes the amount of heat addi- 
tion at TDC and, therefore, represents the extent to which 
fuel burns rapidly. Representative values of the pressure 
ratio range from about 1.2 to 1.8. 

The cutoff ratio, r k = VJ V 3 (3) 

The cutoff ratio indicates the extent to which heat addition 
continues during the power stroke. A ratio of 2 would 
represent an extended period of heat addition, analogous 
to the injection of a large quantity of fuel and, therefore, 
to a cylinder that is very heavily loaded. There is an in- 
verse relation between the pressure ratio and the cutoff 
ratio, which is reasonable in that, for a given amount of 
fuel injected in a cylinder, if more of it is burned rapidly 
(a high rj, less of it remains to burn steadily (a low rj. 

The boost ratio, r b = P^/P 0 (4) 

The boost ratio, which is the ratio of the charge pressure 
to the ambient air pressure, P 0 , would ideally be unity for 
normally aspirated engines. Single-stage turbochargers 
can develop boost ratios higher than 4, but values from 2 
to 3.5 are typical in normal operation. 

The displacement, or volume displaced by the piston in 
its travel from one dead center position to the other, can 
be expressed in terms of the compression ratio, by substi- 
tution from equation (1): 

V, - % = T \{t c - 1 )fr c (5) 

The compression pressure, P 2 , can also be expressed in 
terms of the compression ratio, with k used for the ratio 
of specific heats, c T Jc v , For the is en tropic compression 
from 1-2: 

P 2 /P l - (IV ig* = r* 

and so the compression pressure can be expressed as 

Pt - JVt (6) 

The maximum pressure, P 3 = P 4 , can be expressed in 
terms of the ratios, using equations (2), (6), and (4): 

Ps = r.P -2 = P\rA = r t P 0 r x r k c (7) 

The maximum pressure is a design condition for the me- 
chanical strength of the engine components. Equations 
(6) and (7) show how the aforementioned reduction in com- 
pression ratio, which is here raised to the k power (k = 
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1.4 for air under standard conditions), will limit both the 
compression pressure, P 2 , and the maximum pressure, P 3 , 
in a supercharged engine. 

c. Temperatures. The temperatures can be ex- 
pressed in terms of the ratios of equations {1) through (4) 
as follows: 

for the isentropic compression, 1 - 2 : 

T 2 IT, = {VJV&- 1 = rT 1 

T 2 = T^ 1 ( 8 ) 

for the constant-volume heat addition, 2-3: 


to fuel required for maximum output is generally in the 
range of 25 to 30, 

The maximum mass of fuel that could be burned in a 
diesel cylinder during one cycle is equal to the mass of air 
trapped divided by the trapped air-fuel ratio, AF, or 

JWfn,] = m^/AF (15) 

The mass of air in the cylinder of the air-standard engine 
can be calculated from the specific volume, v u of the air 
at the start of the compression stroke (the specific volume 
is the reciprocal of the density), and can be obtained by 
applying tne ideal gas law: 


T 2 / T 2 — P 2 ! P 2 — t x 
T z = r x T z = Fr x r k ~ l 

for the constant-pressure heat addition, 3-4: 


( 9 ) 


TO sir - Fi /Vy ~ 


TJT Z = VJV’s = r k 

T 4 = T 3 r k = Fjwr 1 (10) 

for the isentropic expansion, 4-1: 

TJT, = {VJV s f~ l = (F 4 /F 1)* -1 = KVJVi XVa/Fr )]* -1 

= mvmvdlp* = {r k /r^ 

T s = T A (r k /r c ) k “ l = Tpjri (H) 

d. Net work and heat addition. The work done and 
heat transferred in each process in the idealized cycle can 
be calculated using basic thermodynamic principles. As a 
simplification, the air is treated as though its specific 
heats, Cp and c v , each held constant throughout. Taking 
m air as the mass of air in the cylinder, the following rela- 
tion for the net work of the cycle, W netl which is the sum 
of the work output during the power stroke, 3—4-5, less 
the work input during the compression stroke, 1 - 2 , re- 
sults: 

W Ml = w sir [c„(r 3 - T 2 ) + c p (T , * - T 3 ) 

- c v (T s - r,)] ( 12 ) 

An analogous relation for Q A , the total heat added dur- 
ing the cycle at TDC and during the constant-pressure 
portion of the power stroke, 2-3-4, but not including the 
heat rejected at BDC, is 

Qa = m-AcJJi - T 2 ) + c p (T t - T,)} (13) 

The difference between the two relations is the heat re- 
jected, Q r , which simply illustrates the First Law of Ther- 
modynamics as applied to cycles: 

= Q a -Qr ( 1 ^) 

From equation (14), the net work increases as the heat 
added is increased relative to the heat rejected. However, 
there is an upper limit on the heat that can be added in 
the cycle, which derives from the amount of air needed 
for the combustion of the fuel, that is, the air-fuel ratio. 
This ratio can be calculated from the chemical composition 
of the fuel and, under ideal circumstances where there is 
just enough oxygen present with no excess, is called the 
stoichiometric air- fuel ratio. For petroleum fuels, the stoi- 
chiometric air-fuel ratio is 14 to 15, but because conditions 
for combustion in diesel cylinders are far from ideal, the 
actual mass ratio of air trapped at the start of compression 


V 1 P 1 

RT, 


(16) 


where R is the gas constant for air. 

The upper limit of heat added to the cycle is equal to 
that released by the mass of fuel, based on the lower 
heating value, LHV, of the fuel; 


Qa = 


( 17 ) 


(18) 


Qa = w fuel LHV 

or, using equations (15) and (16): 

LHV V 1 P 1 
R( AF) F 

The limit on heat (fuel) that may be added per cycle is 
further discussed in Section 2.2, but manifests itself in 
engine operation by the tendency of engines to exhaust 
smoke when loaded to the limits of their output at any 
given rpm. The smoke indicates that more fuel is being 
injected per cycle than can be completely burned in the 
air in the cylinder. Accordingly, a theoretical limit exists 
to the output of an engine at any rpm, based on the air 
available in the cylinders, and is independent of the me- 
chanical strength of the engine components. 

e. Mean indicated pressure, mean effective pressure, 
and brake work. The pressure in the cylinder, when 
averaged over the entire cycle, including the compression 
stroke (and, in four-cycle engines, the charging and ex- 
haust strokes) as well as the power stroke, is the mean 
indicated pressure (MIP). Graphically, with reference to 
Fig. 5, the MIP can be calculated as proportional to the 
area enclosed within the pressure-volume trace, divided 
by the length of the trace, which represents the displace- 
ment volume. Because work in an ideal cycle is equal to 
the instantaneous pressure integrated over the volume, 
the area enclosed within the pressure-volume trace in the 
figure represents the net work of the cycle. The MIP is, 
therefore: 

( 19 ) 


and 


mip = w n j{v x - v 2 ) = w^ny^p) 




r net = MIP(7! - V 2 ) = MIP(F disp ) (20) 

The net work in all of the foregoing expressions is that 
developed by the gas pressure in the cylinder. When this 
net work is multiplied by the mechanical efficiency of the 
engine, the result is the brake work, lF bra)ie . It follows 
that, when the MIP is multiplied by the mechanical effi- 
ciency, the result is the mean effective pressure (MEP). 
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In the idealized representation, with a mechanical effi- 
ciency of 100 % by definition, the net work and the brake 
work are equal, as are the MIP and MEP* In general, 
however: 

W br ^ = MEP(F disp ) (21) 

f* Efficiency* The thermal efficiency of a cycle, 17, is 
defined as the net work divided by the heat added* Using 
the First Law relation of equation (14), the following ex- 
pression can be derived: 


Wnei _ Qa Qr _ 1 _ Q_a 
Qa Qa Qa 


(22) 


g. Power, The power developed by an engine is the 
product of the work per cycle times the number of cycles 
completed per unit time. The brake power output of an 
engine with n identical, single-acting cylinders is 

e = nMEF(V m )N (23) 

where iVis the number of cycles completed per unit time, 
which is equal to the rpm of a two-stroke engine, or half 
the rpm of a four-stroke engine. 

Because the aforementioned limit on heat addition also 
limits the MIP and, therefore, the MEP, and since the 
torque is directly proportional to the MEP, diesel engines 
are torque-limited. 

Although a two-stroke engine would appear to have 
the potential to develop twice the power of an otherwise 
similar four-stroke engine, in actuality two-stroke engines 
are unable to achieve levels of MEP as high as those of 
four-stroke engines. The reasons for this shortfall include, 
for four-stroke engines, more effective scavenging and 
charging, better cooling afforded between compression 
and power strokes by the charging and exhaust strokes, 
an earlier start to the compression stroke, and a smooth 
cylinder liner that is uninterrupted by ports. Among the 
twm-stroke engines, somevrhat higher levels of MEP can 
be achieved in the low-speed, crosshead engines, and, in- 
deed, all of these are two-stroke, while most medium- and 
high-speed engines are four-stroke. The few two-stroke 
higher-speed designs are roughly comparable in weight 
and size to their four-stroke counterparts. 

The rpm is limited by mechanical and practical consider- 
ations* A high rpm imposes high stresses on running gear 
and bearings, related to the inertia of the reciprocating 
components. As a result, there is a generally inverse rela- 
tion between engine size and rpm, as illustrated by Fig, 
S* In some applications, the engine rpm is limited by the 
intended application, as for low-speed engines directly 
coupled to propellers. Free of such constraints, however, 
most medium- and high-speed engine designs have 
evolved in the direction of increasing rpm. 

2*2 Cycle Performance. Cycle performance can be 
considered optimum if the net work is developed at the 
lowest unit energy cost, with appropriate consideration 
for the engine size, weight, and, therefore, the engine 
cost* The cycle thermal efficiency serves as a measure of 
the energy costs, while the MIP, the ratio of net work to 
displacement volume, when multiplied by the rpm, pro- 
vides a measure for the cost of the engine. To understand 


how the efficiency and MIP are linked to each other, and 
to the aforementioned limits on maximum pressure and 
heat addition, the temperature expressions, equations (8) 
through (11), can be substituted for the temperatures in 
equations (12) and (13), for net work and heat added: 

^ et - m*c v Tt[r*r l E(r * - 1) + rjc(r k ~ D] 

^ (rA - 1)) (24) 

Qa = l( r x 1) + rjc{r k - 1)]J (25) 

The efficiency can then be expressed as follows: 

W ne t r x y\ — 1 

” " «7 - 1 - ^-Kr. - 1) + r». - D] <26) 

An expression for the MIP can be obtained, by combin- 
ing equations (24), (19), (5), and (16), and recalling that, 
for an ideal gas, c p — c v = E\ 


MIP 




r bP 0 


- 1) 


v x - v 2 

+ rjc(r k - 1 )] - (r*r£ - 1 )] (27) 

The usefulness of equations (26) and (27) is that they 
express the performance of the air-standard cycle in terms 
of the descriptive ratios. An examination of the effects 
that variations in these ratios have on the performance 
parameters can then be made, with the following com- 
ments and results: 

• The limit on heat addition arising from the available 
air must be considered, as it links the pressure ratio, 
to the cutoff ratio, r ki so that an increase in one forces a 
decrease in the other* If all other parameters are held 
constant, however, it can be shown that efficiency rises as 
r k diminishes and r x rises* A further limit is the maximum 
pressure, expressed by equation (7): 


P% = r J > 2 = A Vg ” r tf P 0 r x ?^ 

These theoretical effects are borne out in actual practice: 
within the constraints permitted by fuel quality and com- 
bustion conditions, the trend in engine design has been 
towards short injection and combustion periods, with high 
maximum pressures, so that the expansion process begins 
early in the power stroke* In many engines, load control 
is designed to alter the injection timing to maintain maxi- 
mum pressure even as the load is reduced. 

• The boost ratio, r b} is not a factor in the relation 
for theoretical cycle thermal efficiency. This effect is not 
borne out in actuality. In fact, turbocharging tends to 
reduce the specific fuel consumption* 

* Increases in the compression ratio, r & raise both the 
theoretical efficiency and the MIP. In practice, however, 
the effect on efficiency is partly offset by an increase in 
the friction between piston rings and cylinder liners, 
which decreases the mechanical efficiency. In addition, 
with reference to equation (7), because of maximum pres- 
sure limits, any increase in r c must be traded off against 
a decrease in the boost ratio, r b . However, an analysis of 
equations (27) and (7) shows that increases in r b result in 
large increases in the MIP with smaller increases in the 
maximum pressure, while increases in r c have the opposite 
effect Consequently, evolutionary trends in diesel en- 
gines have mainly been in the direction of increasing the 
boost ratio and decreasing the compression ratio. 
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Section 3 

Performance Characteristics of Diesel Engines 


3.1 Engine Rating*. The rating stated for an engine 
by its manufacturer and approved by the regulatory bod- 
ies reflects their confidence that the engine will perform 
reliably at that level, under specified conditions. The rat- 
ing is usually expressed as a continuous power output at a 
specified engine speed, and is usually called the maximum 
continuous rating (MCR). The rating of any particular 
model may later be increased to reflect component im- 
provements or service experience. An engine may be 
given different ratings for different applications; for ex- 
ample, a high-performance rating may be given to an en- 
gine that Is intended for a warship application in which 
the engine may be operated under conditions of sustained 
overload for limited periods of time, but with reduced 
intervals between overhauls. This might be in contrast to 
a lower rating assigned to the same engine for a merchant 
ship propulsion application, where the engine will be oper- 
ated for long periods at a more modest power output, 
and with component lives and service intervals that are 
acceptable in a commercial operation. Such considerations 
sometimes lead to the definition of a continuous service 
rating that is lower than the MCR by a percentage called 
the engine margin. 

The pressure in the cylinder of a diesel engine, when 
averaged over the entire cycle, is the mean indicated pres- 
sure ( MTP ). When the MIP is multiplied by the mechanical 
efficiency of the engine, the result is the mean effective 
pressure (MEP). The MEP is directly proportional to the 
torque applied to the drive shaft, so that the product of 
MEP and rpm is directly proportional to brake power out- 
put. Stated another way, the MEP is directly proportional 
to the brake power output divided by the rpm. This rela- 
tion is shown in Fig. 10. When an engine is run at rated 
rpm and rated torque {rated MEP), 100 percent brake 
power (MCR) is developed. The figure shows that, within 
the limit of rated MEP, an engine can achieve its rated 
power output only at, or above, its rated rpm; at a lower 
rpm the power that an engine can develop is limited by 
the MEP. For this reason, diesel engines are often said to 
be torque limited [see discussion following equation (23)]. 

The maximum torque that a cylinder can develop, and 
therefore its limiting MEP, is a direct result of the amount 
of fuel that can be burned in the cylinder during each 
cycle. This amount is limited by the amount of air trapped 
in the cylinder (and by the ability of the fuel to combine 
with sufficient oxygen in the time available), and also by 
the ability of the cylinder components to withstand the 
higher temperature and extended duration of higii cylin- 
der pressure that results. Sustained operation above the 
fuel-rack setting corresponding to rated MEP will result 
in poor combustion (reflected by carbon deposits and per- 
haps smoke); higher exhaust gas temperatures; higher 
metal temperatures; shorter component lives of pistons, 
cylinder heads, cylinder liners, and exhaust valves and 
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Fig. 10 Engine performance limits 


seats; and greateMhan-anticipated wear rates of piston 
rings and their grooves, cylinder liners, and bearings. 

An engine may be "derated,” that is, assigned a rating 
lower than that normally assigned, to optimize it for a 
particular application. Derating may or may not result in 
components that are different from the standard design. 
In general, derating follows one of the following patterns: 

* An engine may be derated to a lower power output 
at rated rpm to reduce the in-service MEP. A lower 
specific fuel consumption, SFC (fuel consumed per 
unit power output), is likely, and kwer maintenance 
costs may be expected. 

* An engine may be derated to a lower rpm, but at the 
rated MEP. In the case of engines directly connected 
to the propeller, the lower rpm may permit the use 
of a propeller of higher efficiency. The SFC will most 
likely be reduced, but the maintenance expenses will 
most likely be unaffected. 

* An engine may also be derated to develop a reduced 
MEP at a reduced rpm, thereby yielding all of the 
above advantages, that is, reduced SFC, lower main- 
tenance costs, and the potential for higher propeller 
efficiency* 

While derating provides some advantages, it may also 
impose disadvantages. When a given amount of power is 
to be obtained from a derated engine, that engine will 
generally be larger and heavier and have a higher acquisi- 
tion cost per unit power output than an alternative engine 
that provides the required power at its normal rating. 
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The size of the engine auxiliary equipment and the de- 
sign of the shafting are based on the engine rating. To 
reserve the option of restoring a derated engine to its 
normal rating to meet a future requirement, it may be a 
prudent design decision to use the normal MCR for these 
purposes. 

3*2 Limits of Engine Performance* Limits defining the 
operating envelope for an engine are identified in Fig* 10. 
Engine rpm is limited by the mechanical stress on running 
gear, by bearing loads, and by wear rates of piston rings 
and cylinder liners. The turbocharger overspeed limit is 
usually determined by the turbine blade root strength* 
The setting of the engine overspeed governor or trip is 
usually 115% to 120% of rated rpm. Except when an engine 
that drives a fixed-pitch propeller is run at a modest 
overspeed on trials in order to maximize the load, opera- 
tion beyond rated rpm is unusual. 

Operation beyond the limits of rated power (MCR) and 
rated MEP constitutes an overload. Overload operation 
results in increased stresses and higher temperatures for 
the cylinder heads and liners and for the piston crowns, 
and is a condition often referred to as high thermal load. 
However, overload operation causes increased mechanical 
loadings on other engine components as well* Cylinder 
liner and piston ring wear can be expected to increase, 
and the lives of bearings and exhaust valves to be reduced, 
as a result of engine overload. The most convenient indica- 
tion of high thermal load is the cylinder exhaust tempera- 
ture since it correlates well with MEP and is readily mea- 
sured* 

The air limit in turbocharged engines is set by applying 
a margin to the surge limit of the turbocharger (defined 
in Section 3.6). Operation to the left of the air limit curve 
in Fig. 10 incurs an increased likelihood of combustion 
chamber and turbine fouling and smoke emission. 

The engine idle speed (or minimum engine speed for 
engines that are directly connected to propellers) is typi- 
cally 25% to 40% of rated rpm* At lower engine speeds, 
the leakage of air past the piston rings during the com- 
pression stroke can result in low temperatures at the time 
of injection, erratic combustion, and an accumulation of 
unburned fuel and carbon in the exhaust system* 

The bottom of the operating envelope is a light-load 
limit. Sustained light-load operation, particularly with 
heavy or sulfur-bearing fuels, is not recommended be- 
cause combustion chamber temperatures at low loads are 
likely to be too low to effectively bum some fuel constit- 
uents* Fouling of the combustion areas, exhaust path, 
and turbine can result. In addition, the low temperatures 
toward the bottom of the cylinder liners can cause conden- 
sation of sulfur compounds in the exhaust, leading to 
sulfuric acid attack. 

Limited operation outside the operating envelope will 
generally result in decreased component durability, which 
is reflected in increased requirements for inspection and 
maintenance. A catastrophic failure of a properly main- 
tained engine under these conditions is unlikely because 
of the design margins, and because periodic scheduled 
inspections reveal such effects as burning, cracking, or 


distortion in time for component renewal* Most manufac- 
turers consider a certain amount of operation beyond the 
envelope in the directions of high MEP, high power, and 
with marginal combustion air inevitable* and take this into 
account in their service recommendations* Statements 
permitting limited operation in these regions, limited bo 
perhaps one hour in ten or twelve, or a cumulative total 
of perhaps 500 to 2000 hours per year, are typical. 

3*3 Fuel Consumption* The specific fuel consumption 
(SFC) is the amount of fuel consumed over a period of 
time, divided by the power output of the engine* It is most 
often quoted as grams of fuel per brake kilowatt-hour or 
per brake horsepower-hour. A quoted value will usually 
have been derived from test-bed measurements, on distil- 
late fuel, and under controlled conditions that are in ac- 
cordance with an established power test code. Quoted val- 
ues of SFC for a number of engines are plotted in Fig. 8; 
these values must be used with care because of variations, 
even among similar engines, and because of continual 
improvements in SFC which result from more advanced 
technology* When interpreting the significance of the 
quoted SFC values, a number of factors must be given 
serious consideration* 

* The SFC units must be clearly stated; in particular, 
an SFC that is quoted on the basis of metric horsepower 
will be numerically lower than if quoted on the basis of 
British horsepower. 

■ The SFC will vary with engine output and rpm, gener- 
al ly being the lowest at 75% to 85% MEP and about 90% 
rpm, as Indicated in Fig* 10. Most manufacturers quote 
the SFC at rated output, but some furnish data that cover 
the operating range. The SFC at rating may be up to 5% 
higher than the lowest value, with all other factors equal 

* The SFC of a bare engine, without any attached 
pumps, is lower than that of the engine with pumps 
attached. Most manufacturers quote the SFC for their 
standard configuration, or for the bare engine, and pro- 
vide estimates for other configurations. 

* Low-speed engines are usually tested with the thrust 
bearing in place, but unloaded. The brake output of the 
engine in service, when it is directly driving a propeller 
and with the bearing loaded, will be slightly lower than 
during test conditions, and the SFC will be correspond- 
ingly higher, 

• Differences from one power test code to another, 
such as different ambient conditions, should be normal- 
ized using correction methods that are recommended for 
the particular engine by the manufacturer. Similar correc- 
tion procedures are used to permit adjustment of the SFC 
to expected service conditions. 

* To normalize a difference in SFC arising from a varia- 
tion in the heating value of the fuel, the SFC should be 
multiplied by the ratio of the heating value of the subject 
fuel to that of the specified fuel Usually* the lower heat- 
ing value of the fuel is used. 

* To determine the SFC of an engine that is capable of 
operation with blended or heavy fuels, the SFC should be 
divided by the ratio of the heating value of the heavier 
fuel to that of the specified fuel It is not usually necessary 
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to apply any further correction for the poorer combustion 
conditions for the heavier fuel. 

* In cases where the fuel consumption is quoted on a 
volumetric basis, the quoted value must be adjusted by 
the ratio of fuel densities, 

* In most cases the SFC will be quoted or guaranteed 
with a tolerance of 3 to 5%, Because manufacturers can 
be confident of achieving a test-bed SFC within a fraction 
of 1% } some manufacturers add very little margin to their 
measured data when establishing their guaranteed value, 

* In general, diesel engines must be kept in reasonable 
repair if they are to operate at all Therefore, the addition 
of a further margin to the SFC, to account for perform- 
ance deterioration in service, is usually unnecessary once 
the above adjustments are made. 

* In using the SFC to determine fuel consumption, the 
relationship between brake output power delivered at the 
crankshaft flange of the engine and the power absorbed 
by the load (the shaft power, for propulsion engines) must 
be considered. Specifically, the loads of attached auxilia- 
ries, and the losses of gearing or other speed-changing 
devices, must be taken into account. Guidance in estimat- 
ing these loads can be found in reference 3. 

* Most fuels, including clean distillates, contain some 
water and solids when delivered. Most of the water and 
sediment, together with any additional impurities intro- 
duced during storage aboard the ship, will be removed 
during settling, purification, and filtration. This removal 
of impurities from the fuel, which leads to an apparent 
increase in fuel consumption, should not be charged 
against the SFC of the engine, but should be allowed for 
in determining the overall fuel consumption and storage 
capacity. 

3.4 Lubricating-Oi! Consumption. The rate at which 
lubricating oil is consumed by a diesel engine will gener- 
ally be V%% to 1% of the rate of fuel consumption. Because 
of the higher unit cost of the lubricating oil, however, the 
cost of the lubricating oil consumed will be a much more 
significant percentage of the cost of the fuel consumed. 
Lubricating oil consumption rates are generally quoted 
by manufacturers for guidance only. Consumption rates 
are usually derived from service experience or, for new 
engine models, extrapolations of experience with similar 
engines. In some cases consumption rates substantially 
greater than those published have been found to be neces- 
sary. The rate of lubricating oil consumption in service is 
under the control of the operator, and can be varied over 
a wide range, with effects that are evident only in the 
long term. It has been demonstrated that increased lubri- 
cating oil consumption frequently correlates with lower 
wear rates for the lubricated components, * 

Lubricating oil systems for diesel engines are the sub- 
ject of Section 10.3. Lubricating oil is consumed in diesel 
engines in several ways: 

* Crosshead engines, and some of the larger trunk- 
piston engines, are fitted with separate cylinder oil 
systems that lubricate the piston rings. In engines 


that are in good condition, the cylinder oil consump- 
tion typically ranges from 0.7 to L4 g/bkW-h. 

* In trunk-piston engines that have no separate cylin- 
der oil systems, lubrication of the cylinders con- 
sumes about 1.5 g/bkW-h of circulating oil, 

* In crosshead engines replacement of the circulating 
oil is rarely required during normal operations. 

* In trunk piston engines, the contamination of the oil 
by combustion products is usually inevitable, and 
the oil must be renewed periodically. The oil renewal 
internal depends on factors that include the service 
that the engine performs, the type of fuel used, the 
amount of oil in circulation, the rate at which fresh 
makeup oil is added to compensate for oil consumed 
in cylinder lubrication, the effectiveness of the lubri- 
cating oil filtration and purification equipment, the 
condition of the engine, and the practices of the oper- 
ator^. 

3.5 Intake Air Requirement*. When operating near 
their rating, engines take in 30 to 50 kg of air per kg of 
fuel under standard conditions, of which 25 to 30 kg will 
be trapped for combustion, with the remainder serving to 
scavenge the cylinders and to help cool the exhaust valves. 
In some engine designs the ratio of air to fuel is nearly 
independent of load, while in others it tends to rise as 
load is reduced. Engines that have been derated to lower 
values of MEP tend to have higher air-fuel ratios through- 
out their load range than higher-rated models of the same 
engines. 

Intake air flow rates are specified by the manufacturer 
and are usually derived from test-bed measurements of 
an engine run on distillate fuel, under controlled condi- 
tions, and in accordance with an established power test 
code. The value must be adjusted for ambient conditions 
and for any pressure drops resulting from intake ducting 
and filters, as discussed in Section 3.8* 

Where the intake air is to be taken from the engine 
room (the typical case), it is common practice in the design 
of the machinery space ventilation system to duct fresh 
air to the vicinity of the engine intakes. In a well-designed 
engine room, the engine intake air temperature in service 
will therefore, be between the outside air and general 
engine room temperatures. Reasonable values might be 
35°C and 25“C, in summer and winter, respectively. If 
there are constraints on the fresh air supplied to the en- 
gine, intake air temperatures can exceed 45'C, which is 
the rated value for many engines. Where the intake air is 
drawn directly from the weather, the pressure drop in the 
intake ducting may be significant, and the variation in air 
temperature will be much higher than when air is taken 
from the engine room. In either case, the intake air must 
be filtered. 

3.6 Turbocharger Performance. Most compressors 
that are used for turbocharging are of the centrifugal 
type, with characteristic curves as shown in Fig. II. At a 
constant speed the discharge pressure first rises as the 
volumetric flow increases, then drops sharply. Operation 
is practical only to the right of the peak in the pressure 
curve, and only that portion of the characteristic curves 
is shown in Fig. 11, as is the customary practice. A dashed 
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Fi§. 11 Typical turbocharger compressor performance map; shaft spaed, n, 
is in revolutions per second 

curve drawn through the pressure characteristics slightly 
to the right of the peak, is called the surge limit* Proper 
selection of a turbocharger requires that there be ade- 
quate margin between the surge limit and the compressor 
operating line. Inadequate margin invites turbocharger 
surge under service conditions, while excessive margin 
places the compressor in a region of low efficiency. The 
compressor efficiency is plotted as contours in the figure, 
and is highest in the region slightly to the right of the 
surge line. 

The phenomenon of compressor surge can be explained 
as follows: the power consumed by the compressor is re- 
lated to the product of the discharge pressure and the 
flow rate. In the region to the right of the peak in the 
pressure curve, operation will be stable. In this region a 
momentary drop in volumetric flowrate, perhaps brought 
on by a momentary reduction in engine speed, will be 
balanced by a rise in pressure, with little or no effect on 
the turbine. In the region to the left of the pressure peak, 
however, a momentary drop in volumetric flow rate will 
be accompanied by a drop in discharge pressure, and if 
the pressure at the compressor discharge falls below that 
downstream, the flow will reverse. The result can be a 
pulsation in compressor discharge pressure if the situa- 
tion is not severe or of long duration, or, if the flow re- 
verses, a pulse can continue back through the compressor 
to the air intake and become audible, as a sneezing or 
backfiring sound* 

The performance of a particular compressor, which is 
characterized by a rotor of given design and diameter and 
a diffuser with vanes of given height, is described by 
Fig- II* For each compressor rotor, a narrow range of 
performance variations is possible by exchanging the dif- 
fuser for one with a different vane height. In general, the 
selection of a compressor rotor diameter predetermines 


the basic turbine dimensions, which are then matched by 
appropriate selections for the nozzle and blade character- 
istics. 

A turbocharger is necessarily matched to an engine 
for a particular set of conditions. Engine operation under 
different conditions will result in less-than-optimum tur- 
bocharger performance and may, in extreme cases, be so 
unsatisfactory as to justify the retrofit of a new turbo- 
charger that is matched to the new conditions. Off-design 
point engine operation may be permanent or temporary, 
intentional or inadvertent* Some examples that can lead 
to off-design point engine operation are as follows: 

• An overpitched propeller, a heavily fouled hull sin- 

gle-screw operation of a twin-screw ship, or single- 
engine operation of a pair of engines geared to- 
gether are conditions that require an engine to 
deliver higher than anticipated power at reduced 
rpm, Turbocharger surge under such circum- 
stances is common. 

« Long or tortuous runs of intake ducting, elevated 
intake air temperatures, fouled intake air filters, 
or a fouled or damaged compressor can result in 
air manifold pressure that is lower than expected. 

• A fouled air cooler can force the compressor to oper- 

ate at a higher rpm in order to supply the required 
flow at a higher pressure ratio* The operating 
point on the higher rpm curve will then approach 
the surge line* 

• Fouled turbine nozzles can cause excessive exhaust 

pressure in a four-stroke engine, forcing the tur- 
bocharger into overspeed and surge; in a two- 
stroke engine the result, will be poor turbine per- 
formance reflected in reduced air manifold 
pressure, 

• Fouled turbine blades, a heavily fouled waste-heat 

boiler, or a constricted exhaust-gas uptake can 
prevent the turbine from reaching projected per- 
formance, and might first be reflected in a low air- 
manifold pressure. 

The interdependent relationship of the engine and tur- 
bocharger, and of the turbine and compressor, renders 
the system prone to chain reactions. As an example, a 
fouled turbocharger turbine may be the cause of reduced 
air flow at a given engine output. The resulting air starva- 
tion can lead to poor combustion, resulting in further foul- 
ing of the turbine with carbon deposits. 

As the engine output is reduced, the reduced exhaust- 
gas flow and enthalpy at the turbine result in a lower 
boost pressure. While four-stroke engines, by virtue of 
piston movement on charging and exhaust strokes, will 
continue to draw in their own charge air and expel most of 
the exhaust gases, two-stroke engines rely on an elevated 
charge air pressure to scavenge and charge the cylinder. 
Below about half power, therefore, two-stroke engines 
must be provided with an auxiliary means of pressurizing 
the air manifold. In most engines this takes the form of an 
electric motor-driven boost blower, which automatically 
starts in response to a low air-manifold pressure. In some 
smaller engines the boost pressure is provided at low 
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BRAKE OUTPUT 



PERCENT OF RATED OUTPUT 


Fig* 12 Distribution of energy for diesel engines 


alternative methods formerly practiced, such as the use 
of the piston undersides as reciprocating pumps, and the 
provision of reciprocating pumps that are driven by links 
from the crossheads, are now considered obsolete, at least 
for the larger engines. 

In order to avoid the decline in performance that would 
be caused by fouled turbines and compressors, many en- 
gines, including most that are intended for operation on 
heavier fuels, are fitted with water-washing systems* 
These water-washing systems commonly take the form of 
small tanks that are piped to the compressor inlet and the 
turbine inlet, and are fitted with water and compressed 
air connections. In use, the engine load is reduced, and 
the charge of water, which is determined by the size of 
the tank, is injected over a period of about one minute, 
using compressed air* The frequency of use depend^ on 
the rate of fouling, which is determined from experience* 
In the case of engines run on the heaviest fuels, the tur- 
bine is often washed daily. Water-washing of the compres- 
sor is usually required infrequently. 

3,7 Heat Balance, Figure 12 provides generalized 
data for the heat balance of a wide range of engines. Heat 
balance data are necessary in sizing cooling systems and 


establishing the feasibility of waste-heat recovery sys- 
tems. Heat balance data are highly engine-specific and 
very sensitive to ambient conditions, fuel quality, and load 
pattern. For these reasons, only the data provided by the 
engine manufacturer, and corrected to service conditions, 
should he used for design purposes* 

For turbocharged engines the exhaust-gas temperature 
leaving the turbocharger typically falls in the range of 
250 to 500*0. Generally, two-stroke engines, with high air 
flows to assist scavenging and exhaust port and valve 
cooling, tend to have lower exhaust temperatures than 
four-stroke engines, and slower-running engines tend to 
have lower exhaust temperatures than higher-speed en- 
gines, but there are many exceptions to both generaliza- 
tions. For any particular engine, when heavy fuel is used, 
the exhaust-gas temperature will typically be 10 to 20*0 
higher than when distillate fuel is used, at the same out- 
put. Engines that are derated to lower values of MEP 
tend to have lower final exhaust temperatures throughout 
their load range than do the normally rated models of the 
same engine. 

Jacket cooling water generally leaves an engine at 80 
to 90 ff C* The exit temperature is usually maintained in this 
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range, independently of engine output, by temperature- 
regulating valves that control the flow of raw water at 
the cooler. With the rate of jacket cooling water flow held 
constant, the inlet temperature is, consequently, higher 
at lower levels of engine output, since the heat to be 
dissipated is also lower* This arrangement provides inher- 
ent load-dependent cooling* 

At rated engine output, the lubricating oil may leave a 
low-speed engine at a temperature of 50 to 60°C, and a 
medium-speed engine at 70 to 80°C. For the lubricating 
oil, it is usually the engine inlet temperature that is main- 
tained, generally 10 to 15°C below r the maximum engine 
outlet temperature* As a result, the lubricating oil outlet 
temperature declines as the engine output is reduced. 

The air leaving the turbocharger compressor and enter- 
ing the air cooler will be at a temperature that is affected 
by ambient conditions but is mostly dependent on the 
boost ratio of the compressor. The boost ratio varies, 
roughly in proportion to the percentage of rated engine 
output. When the boost ratio is 2.5 to 3.5, the air entering 
the cooler will generally be in the range of 130 to 200°C* 

Heat rejected from the hot engine surfaces to the sur- 
roundings is not separately represented in Fig. 12. Some 
manufacturers allow up to 5% of fuel heat input for these 
losses, but more commonly, values of 1% to 2% are al- 
lowed. A high value is appropriate if the exhaust manifold 
is not water-jacketed or insulated. 

3*8 Noise, Noise attributed to diesel engines may be 
divided between structureborne and airborne noise pro- 
duced by the engine itself, and the noise caused by air 
intake and exhaust systems* Generally, the higher-speed 
engines are more troublesome in this connection than the 
lower-speed engines. 

a* Engine noise* The noise produced by a diesel en- 
gine originates from the rapid changes in gas pressure 
in the cylinders during the cycle, primarily those that 
accompany combustion and exhaust, and from the me- 
chanical action of the engine components. Noise transmit- 
ted through an engine foundation and connected equip- 
ment and piping, which is referred to as structureborne 
noise, must be considered together with engine vibration. 
While some reduction in engine noise can be achieved 
through component design, greater reductions in struc- 
tureborne noise are possible with an engine and its con- 
nected equipment resiliency mounted* This matter is fur- 
ther addressed in Sections 6*2 and 11.4* 

Airborne noise originating within an engine is often 
magnified by the resonance of stationary engine compo- 
nents of relatively low mass, such as crankcase doors, oil 
pans, rocker covers, and camshaft covers* Some reduction 
in airborne noise is, therefore, possible by stiffening, lin- 
ing, or resiliently mounting these components, or adding 
to their mass* Further airborne-noise reduction can be 
achieved by acoustic shielding of an engine. When an 
enclosure takes the form of a casing fitted around an 
engine, measures must be considered to ensure adequate 
access for maintenance and inspection. Other forms of 
shielding include the siting of acoustic baffles in the vicin- 
ity of an engine, and the lining of the bulkheads and 
overhead of the space in which an engine is located* A 


frequently used method of airborne-noise reduction — 
most useful with auxiliary engines— is to site them on 
lower engine-room flats, away from shops, control sta- 
tions, and accommodations* 
b* Air intake and exhaust noise* The dry-media, air- 
intake filters fitted to turbochargers with direct intake^ 
from machinery spaces are designed to also achieve a 
measure of silencing. Where greater silencing is required, 
air-intake plenums lined with sound-absorbing media or 
internal baffles may be provided. Where an air intake is 
ducted to an engine, the intake and ducting must be de- 
signed for limited turbulence and velocities, and with ade- 
quate rigidity and support, to achieve required levels of 
silencing. 

Exhaust noise is largely the result of pulsations in the 
gas stream, and is, therefore, less difficult to silence in 
turbocharged engines, where the pulsations have been 
smoothed or eliminated in the exhaust manifold and tur- 
bine. Further attenuation of exhaust stream pulsation, 
and reduction of outlet noise, is achieved by a muffler, 
which most often consists of a tubular steel chamber with 
internal baffles. Where a waste-heat boiler is fitted in an 
engine uptake, similar results may be achieved, and a 
muffler may be unnecessary* Wet mufflers, in which sea- 
water is injected to cool the gas, are often convenient in 
small craft, although they require a horizontal mounting, 
and are especially prone to corrosion* In any event, ex- 
haust ducts, like intake ducts, must be designed for lim- 
ited turbulence and velocities, and with adequate rigidity 
and support, to achieve required levels of silencing. 

3.9 Ambient Conditions. Most engines will be sub- 
jected to service ambient conditions that are not the same 
as those for which the published engine characteristics 
were established* Procedures that can be used to assess 
the effect of off-design ambient conditions may be recom- 
mended by the manufacturer. In the absence of specifi- 
cally applicable guidance, a rise in intake air temperature 
at constant power output can be expected to; 

— increase the fuel consumption by 0.2% to 1.0% for 
every 10*C rise in air temperature 
— decrease the air and exhaust-gas mass flow rate, 
which will vary approximately inversely with the ra- 
tio of absolute air temperatures 
— increase the exhaust-gas temperature by 1.5 to 2.0 4 C 
for every 7 TC increase in the air temperature. 

A rise in the cooling water temperature to the charge air 
cooler at constant power output can be expected to: 

— increase the fuel consumption by 0*2% to 0,6% for 
every 10*C rise in water temperature 
— decrease the air and exhaust-gas mass flow rate by 
0.5% to 2% for every 10*C rise in water temperature 
— increase the exhaust-gas temperature by about 3 to 
6*C for every 10°C rise in water temperature. 

It is usually not necessary to make allowances in engine 
output for off-design service conditions as most engines 
are designed to achieve their rated output at elevated 
ambient conditions, which are most often cited as an in- 
take air temperature of 45°G and a charge air cooling 
water temperature of 32°C* 
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A depressed intake air pressure (below normal baromet- 
ric pressure at sea level) or an elevated exhaust back 
pressure wilt increase the fuel consumption and increase 
the exhaust temperature, but as long as the deviations 
are not severe the effects are less significant than those 
caused by air and water temperature variations. If the 


intake depression exceeds about 0.01 bar, or the exhaust 
back pressure exceeds about 0.03 bar, the performance 
characteristics, including the engine output, may be sig- 
nificantly affected. 

The effect of humidity on engine performance is usually 
insignificant, especially for turbocharged engines. 


Section 4 

Fuel Characteristics, Injection, apd Combustion 


4.1 Diesel Engine Fuels. Fuels are covered exten- 
sively in Chapter 12, where the terminology is defined; 
the coverage here focuses on the fuels that are commonly 
used in marine diesel engines, and on those of their charac- 
teristics most relevant to diesel engines. The basic cover- 
age is not repeated here. 

Although the great majority of low-speed engines and 
many medium-speed engines are operated on heavy fuels, 
and although an increasing number of high-speed engines 
have been proven capable of operation on at least the 
lighter blends, there is still a balance to be struck between 
the lower cost of the heavier fuels and the inconvenience 
and greater cost of fuel treatment and increased engine 
maintenance that inevitably result from their use. 

Distillate fuels are generally suitable for use in diesel 
engines without preheating (except in the coldest cli- 
mates), so that treatment can be limited to settling and 
filtering operations. Even so, it is considered good practice 
to centrifuge even the distillate fuels. Residual fuel is 
rarely used in diesel engines without being blended with 
distillate fuel to form an intermediate fuel, which, de- 
pending on the proportions used, can itself be described 
as light or heavy. A residual fuel may contain significant 
amounts of the undesirable constituents of the crude, and 
may be contaminated with catalytic fines. Since even the 
lighter intermediate blends require preheating before 
pumping, settling, centrifuging, and burning, it is reason- 
able to treat any intermediate fuel as a heavy fuel. 

a. Viscosity, The viscosity of a fuel may, by itself, 
present no difficulty as long as the fuel can be heated 
sufficiently at each point in the system to permit pumping, 
settling, filtering, centrifuging, and atomizing. At the 
very high end of the viscosity spectrum, troubles that 
may arise include heater fouling, gassing of the fuel, and 
thermal expansion of injection pump components. 

When burning heavy fuel in a diesel engine, it is essen- 
tial that the viscosity at the injection pumps and injectors 
be within design limits at all times. The volume of fuel 
burned in an engine is small in relation to the volume xhat 
is available in the piping, and in installations intended for 
operation on heavy fuels, the transit time between the 
heaters and the injectors could be sufficiently long, espe- 
cially at low loads, for the fuel to cool To prevent this 
undesired cooling, a flow rate is maintained that is much 
higher than that needed for injection, that is, about two 


or three times engine consumption at MCR, with the un- 
consumed excess that leaves the spill valves of the injec- 
tion pumps recirculated back to the booster pump suction. 

b. Density. The ability to separate water and solids 
from a fuel by settling and centrifuging is dependent on 
the differences between the densities of the impurities 
and that of the fuel. The differences are magnified by 
heating because the density of the fuel decreases more 
rapidly than those of the impurities, most notably water. 
Heating enables conventional centrifuges to achieve ade- 
quate separation of water from heated fuel that has a 
specific gravity at ambient temperature as high as 0.995, 
More sophisticated centrifuges having water-sensing con- 
trols can separate even heavier fuels. 

Because injection pumps are volume-metering devices, 
rack settings vary for a constant engine output, de- 
pending on both the density and the heating value of the 
fuel. 

c. Heating value. The heating value, which is usu- 
ally assessed as energy per unit mass, is typically 5% to 
7% lower for residual fuels than for distillates, a differ- 
ence that carries over proportionately to the blended 
fuels. Most published data for specific fuel consumption 
are based on a distillate fuel of standard heating value. 
The specific fuel consumption that is determined for an 
engine in service must be corrected accordingly in order to 
be comparable to published data. Customarily, the lower 
heating value of the fuel is used. 

d. Ignition quality. The ignition delay associated 
with fuels of low ignition quality results in a late and, 
therefore, more explosive start to the combustion period. 
This pattern of combustion results in higher peak pres- 
sures and consequent rough and noisy operation that, if 
sustained, can cause damage to the cylinder heads, liners, 
pistons, rings, and bearings. Poor ignition quality can also 
cause the combustion period to be extended, which would 
result in rough and incomplete combustion, high fuel con- 
sumption, and fouling of the combustion chamber. Be- 
cause the effects of ignition quality are related to time, 
slower-turning engines are more tolerant of fuels that 
have a low ignition quality; to some extent the injection 
timing in slower engines can be advanced to compensate 
for the ignition delay. Conversely, most higher-speed en- 
gines require fuels of higher ignition quality. 

The ignition delay associated with a fuel can be reduced 
if the fuel is heated, and some manufacturers recommend 
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that, for operation on low T ignition-quality fuel at low 
loads, the temperatures of the jacket and piston coolants 
be maintained at higher levels, and that the temperature 
of the charge air leaving the charge air cooler be in- 
creased. 

e. Carbon residue. Fuel with a high carbon- residue 
index would be expected to leave more deposits after com- 
bustion, which result in fouling and wearing of cylinder 
liners, rings, ring grooves, exhaust valves, and turbochar- 
ger turbine nozzles. The adverse effects on cylinder com- 
ponents can be reduced by the use of detergent cylinder 
oils. Turbocharger fouling is countered by frequent wa- 
ter washing. The deposits that accumulate on fuel nozzles 
are removed when the injectors are withdrawn for 
cleaning. 

f. Catalytic fines, solids, and ash. Solid particles 
carried into the engine with the fuel can cause abrasive 
wear of fuel injection pumps, injectors, cylinder liners and 
rings, exhaust valve seats, and turbochargers. The larger 
solid particles can be removed by settling, filtration, and 
centrifugal purification. For smaller solid particles, in- 
cluding catalytic fines, the most effective procedure for 
reducing their presence involves the continuous use of 
multiple centrifuges that are arranged to process the fuel 
in series. The first centrifuge is set up as a purifier and 
subsequent units as clarifiers, which are followed by fine 
filters. 

Fine filters, used alone, provide adequate protection 
only for engines that bum the cleanest fuels. When fitted 
as the sole means of protection for engines that use lower- 
quality fuels, fine filters may clog at inconveniently short 
intervals, 

g. Sulfur. Sulfur is troublesome because of its po- 
tential for cold-end corrosion and add contamination of 
the lubricating oil. These effects can occur when the sul- 
fur-bearing products of combustion are cooled below their 
dew point and form sulfuric acid. Engine components that 
are most vulnerable to cold-end corrosion include the 
lower ends of the cylinder liners and pistons. The potential 
for this trouble is highest for engines operated at low 
power levels for sustained periods, but is countered by 
maintaining the temperature of the jacket and piston cool- 
ants at high levels even at low output, and by increasing 
the temperature of the air leaving the charge air cooler. 
In addition, the oil used for cylinder lubrication should 
have a high alkaline content (high total base number, 
TBN) in order to neutralize the acids that form. 

A converse difficulty can develop from using lubricat- 
ing oils that have a high TBN: if there is insufficient sulfur 
present in the fuel to neutralize the alkaline ingredients of 
the lubricating oil, the resulting deposits of the alkaline 
ingredients can cause scoring of the liner and wear on the 
rings. This trouble arises when an engine that is normally 
operated on high -sulfur fuel is supplied with low-sulfur 
fuel for an extended period without changing the oil used 
to lubricate the cylinders. 

In crosshead engines the purely vertical movement of 
the piston rod permits a packing gland to be fitted to 
separate the combustion space from the crankcase, 


thereby preventing combustion blow-by and excess cylin- 
der oil from reaching the crankcase. Cross head engines 
do not, therefore, require a crankcase oil of high TBN; 
instead, a high-TBN cylinder oil may be used in a separate 
cylinder oil system. In contrast, sulfur contamination of 
the crankcase oil can be troublesome with trunk pistom 
engines; these, therefore, are usually supplied with crank- 
case oils that have a high TBN. 

h. Vanadium. During the combustion process, and 
especially in the presence of sodium, gaseous oxides of 
vanadium form, some of which change phase and form 
solid deposits that adhere to surfaces at temperatures as 
low as 500°C or even lower. These surfaces include piston 
crowns, exhaust valves, and turbocharger turbine nozzles 
and blades. When the deposits occur on the seating sur- 
faces of the exhaust valves, the adverse effects may be- 
come immediately apparent as the valves overheat and 
burn through. 

Vanadium troubles will be minimized where tempera- 
tures of the surfaces in question are kept below about 
500°C. Valve cooling is usually not difficult in large low- 
speed engines, but is difficult in high-speed engines and 
some medium-speed engines. 

i. Sodium. Most of the sodium in fuels is introduced 
through seawater contamination, and most of it can be 
removed with the seawater if settling and centrifuging 
procedures are adequate. The principal trouble with so- 
dium is its combination with vanadium, as the eutectic 
compounds then formed will adhere to surfaces at temper- 
atures well below those of the simple vanadium oxides. A 
rule-of-thumb limits sodium content to less than a third 
of the vanadium content. 

j. Flash point The temperature of the fuel in fuel 
tanks is usually kept below the flash point to limit the 
hazard of fire. A hazard can arise in a diesel plant burning 
heavy fuel if the fuel leaving the centrifuge, where it may 
be heated to 98 a C, in turn raises the day-tank temperature 
above the flash point. The hazard can be eliminated by 
fitting a cooler in the line to the day tank after the purifier. 

In some installations, particularly where plants have 
been converted from distillate to heavy oil, the heated 
returns from the engine are returned to the day tank, 
heating it above the flash point. A preferred arrangement 
includes a mixing tank of limited capacity, so that its high 
temperature is less hazardous. 

k. Pour point. To keep the temperature of fuel 
above the pour point, heavy fuel tanks are heated, and 
heavy fuel lines are steam-traced or electrically heated 
beneath the insulation. 

I* Compatibility. An incompatibility among the con- 
stituents of a fuel is revealed by sludge accumulations 
in tanks, filters, and centrifuges, by fluctuating pump 
discharge pressures, and by frequent viscosimeter excur- 
sions. The fuel supplier is expected to ensure that fuels 
blended ashore do not contain incompatible constituents. 
Aboard ship it is important to avoid mixing fuels from 
different deliveries, or blending fuels, without first under- 
taking a spot test for compatibility. Other than discharg- 
ing a fuel with incompatible constituents ashore at the 
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next opportunity, the only practical solution for the opera- 
tor is to cope with the incompatibility while the fuel is 
consumed, 

4*2 Fuel Injection, Fuel is injected into the cylinders 
of a diesel engine towards the end of the compression 
stroke, when the compressed charge has reached a tem- 
perature sufficient to ensure the ignition and combustion 
of the fuel The requirements that the fuel injection sys- 
tem must meet are as follows: 

— the fuel must be accurately metered in response to 
the engine output required; 

— the injection must commence at precisely the correct 
moment during the compression stroke; 

— the fuel must enter the cylinder as a finely atomized 
spray of minute droplets, from the beginning of the 
injection period through to the end; 

— the droplets must penetrate far enough into the com- 
bustion space to ensure that they are evenly distrib- 
uted, without penetrating so far that they impinge on 
the surrounding surfaces; 

—the fuel must be supplied to the cylinder at a predeter- 
mined rate; and 

— at the end of the injection period, the injection must 
terminate sharply and completely. 

“Solid' 5 injection systems, in which the fuel oil is injected 
under pumped pressure (as opposed to the generally obso- 
lete air-blast injection systems), are prevalent in diesel 
engines. Of the solid injection systems, the jerk pump 
system, in which an individual high-pressure injection 
pump is provided for each cylinder, is the most common, 
and will be further described. Other solid injection sys- 
tems are the common-rail system, in which a manifold is 
pressurized to serve all of the cylinders, and the distribu- 
tor system, in which a single pump serves all of the cylin- 
ders through a rotating distributor. 

In the jerk pump system, fuel is delivered at low pres- 
sure to the injection pump, which is a reciprocating, posi- 
tive-displacement, plunger pump, driven directly from the 
camshaft by a cam follower. Figure 13 shows a typical 
helix-controlled injection pump, which is the most common 
type. Like most other types of injection pumps, it has a 
stroke of constant length, with metering of the quantity 
of fuel to be discharged governed by controlling the 
amount of the stroke that is effective* This control is 
achieved by closing, then opening, spill ports during the 
stroke. Figure 14 shows the operation of the helix-con- 
trolled pump, in which the helix is the recess in the periph- 
ery of the plunger. It can be seen that, as the plunger 
rises, the spill port will be closed when the top of^the 
plunger passes it. This closure traps the fuel above the 
plunger and initiates the effective portion of the stroke* 
The rise in fuel pressure as the plunger continues its 
stroke will be very sharp, since the fuel is almost incom- 
pressible. When the edge of the recess in the plunger 
exposes the spill port, the effective stroke terminates with 
a sharp pressure drop. Most injection pumps are fitted 
with a spring-loaded discharge check valve, which will 
then close. Because of the helical shape of the recess, 
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Fig. 14 Fuel pump plunger positions 

rotation of the plunger will alter the length of the effec- 
tive stroke and, therefore, meter the amount of fuel in- 
jected; when the vertical edge of the recess is aligned with 
the spill port, no fuel is injected. Rotation of the plunger 
is achieved by lateral movement of the fuel rack, which is 
in mesh with a pinion on the plunger shaft 
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Fig. 15 Fuel injector 


The discharge of the injection pump is led directly to 
the injector, which comprises a spring-loaded fuel valve 
mounted on the fuel nozzle, as in Fig, 15. The injector 
opens in response to the discharge pressure from the in- 
jection pump, and is closed sharply by the spring when 
the pump pressure diminishes to a set value. 

The timing of the beginning and end of injection de- 
pends, first, on proper cam timing, and then on the correct 
internal calibration of the injection pump to ensure that 
spill-port operation occurs correctly relative to plunger 
movement. Proper fuel atomization and penetration are 
obtained by forcing the fuel through the fine holes of the 
fuel nozzle at a very high pressure, in the range of 300 to 
2500 bars. Good atomization from the beginning of the 
injection period to the end is achieved by a sharp rise and 
fall of the injection pump discharge pressure, accompa- 
nied by a rapid opening and dosing of the injector. The 
spray pattern is a function of the configuration of the 
nozzle, which must be designed to avoid droplet impinge- 
ment on the liner or the piston crown. The distribution of 
the fuel droplets is assisted by air turbulence, which can 
be obtained by suitably shaping the piston crown and the 


cylinder head, and by orienting the air inlet ports to induce 
a swirling motion to the air. 

The discharge check valve ensures that a residual pres- 
sure is maintained in the high-pressure fuel line between 
injections. This residual pressure aids in ensuring a 
prompt beginning of each injection and also helps to avoid 
the cavitation that would be likely if line pressure dropped 
too low as the pump plunger descended, leaving the spill 
ports uncovered. 

In the injection pump of Fig* 18, the top of the plunger 
doses the spill port at the same point regardless of its 
angular position, so that the injection always begins at 
the same time in the cyde regardless of engine output. It 
is increasingly common for the top of the injection pump 
plunger to be shaped to vary the beginning of the effective 
stroke, hence the timing of the start of injection, A com- 
mon pattern advances the injection most at settings cor- 
responding to about 80% of engine output in order to 
maintain maximum cylinder pressure throughout the up- 
per end of the engine output range. This pattern of injec- 
tion improves the specific fuel consumption by injecting a 
larger fraction of the fuel before the piston reaches its 
TBC position, so that the engine's design maximum pres- 
sure is achieved even at reduced output and, along with 
the pressure, the high temperatures conducive to com- 
plete combustion. In addition, the early end of the injection 
and combustion periods results in an extended expansion 
phase, conducive to high thermal efficiency* 

Injectors may have internal circuits for water cooling. 
In many engines, however, sufficient cooling can be ob- 
tained by conduction to the cylinder head cooling circuit, 
thereby simplifying the design, manufacture, and replace- 
ment of the injector. 

A high-pressure fuel line connects the injection pump 
to the injector. In most engines the injection pumps are 
fitted on the side of the engine, convenient to the cam- 
shaft, but necessitating high-pressure piping of some 
length. The design of this high-pressure piping requires 
careful evaluation from a number of perspectives: 

* Even in the largest engines, the quantity of fuel 
injected per stroke is small relative to the volume of the 
fuel in the high-pressure line. The fuel discharged by the 
pump displaces fuel already in the injector, which opens 
in response to the pressure pulse that travels the length 
of the line. The time required for this pulse to travel the 
length of the pipe causes injection lag, which is the delay 
between spill port closure at the pump and the beginning 
of injection at the cylinder. 

* An irregularity in the interior of the high-pressure 
passage can set up a reflected pressure pulse which, on 
reaching the injector after it closes, can cause the injector 
to reopen, resulting in a secondary injection. 

* High-pressure fuel line leaks are fire hazards of 
great concern in motorships, To safeguard against these 
fire hazards, fuel lines are double-walled or fitted with 
shielding* 

On some engines difficulties relating to the high-pres- 
sure piping between the injection pump and the injector 
are avoided or minimised by combining the injection pump 
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and injector in a single unit injector. Camshaft motion is 
usually then brought to the injection pump by pushrods 
and rocker arms, 

4,3 Combustion. Fuel combustion does not take place 
at the tip of the injector, but rather at a distance away 
from it. This delay occurs because the individual fuel drop- 
lets must diffuse through the hot cylinder contents for a 
sufficient time to heat, vaporize, mix with air, and finally 
ignite. 

The combustion process in a diesel cylinder is consid- 
ered to occur in four phases, which begin during the com- 
pression process and end during the expansion process, as 
shown in Fig. 16. The four phases are the ignition- 
delay period (when no combustion occurs), the rapid-com- 
bustion period (which begins with ignition), the steady- 
combustion period, and the afterburning period. 

a. The ignition- del ay period. The ignition-delay pe- 
riod is the interval between injector opening and the start 
of ignition. During this phase the first droplets to enter 
the cylinder are heated by the surrounding charge of com- 
pressed air as they disperse and vaporize. Until ignition 
occurs, there is no increase in the cylinder pressure above 
what it would have been had injection not occurred. 

The ignition-delay period is primarily a function of the 
ignition quality of the fuel, which is related to its chemical 
composition. Fuels of lower ignition quality require more 
preparation time, and the delay period is therefore longer. 
It is important to note that in a higher-speed engine, the 
time available for this preparation of the fuel for ignition 
is lower than in a lower-speed engine, a fact which helps 
to explain the generally lower tolerance of high-speed 
engines for fuel of low ignition quality. 

b. The rapid-combustion period. During the rapid- 
combustion period, the fuel that has accumulated in the 
cylinder during the delay period ignites and bums rapidly. 
Because the accumulated fuel has already mixed with the 
charge air, this phase is sometimes called the premixed 
combustion period. The rapid combustion is accompanied 
by a sharp rise in cylinder temperature and pressure. If 
the pressure rises too sharply, the combustion becomes 
audible, a phenomenon known as diesel knock. 

c. The steady-combustion period. Once combustion 
has been established In the cylinder, the ignition of further 
fuel droplets entering the cylinder lags the injection rate 





by the time required for the fuel to mix, heat, and vapor- 
ize. Because the droplets burn as they diffuse into the 
cylinder, this phase is sometimes called the diffusion com- 
bustion period. This period ends shortly after the injector 
closes, when the last of the fuel has burned. 

The cylinder pressure usually peaks just beyond the 
TDC position and near the middle of the steady-combus- 
tion period. The cylinder pressure then declines as the 
expansion process proceeds. 

d. The afterburning period. If all of the fuel has 
burned cleanly and completely by the end of the steady- 
combustion period, the pressure profile will be smooth 
through the expansion stroke. Typically, however, there 
will be some pressure fluctuations resulting from the com- 
bustion of incompletely burned fuel or of intermediate 
combustion product^ and some delayed chemical reac- 
tions. It is during this period that soot and other pollutants 
are produced. 


Section 5 

Engine Matching and Selection 



5.1 Margins. Generally, diesel engines are so 
matched to their loads that normal operation in service is 
at some high fraction of rated output, typically in the 
range of 80% to 90% of the maximum continuous rating 
(MCR), at a speed slightly below rated rpm. This region 
of operation usually coincides with the best range of spe- 
cific fuel consumption. Anticipated component lives and 


service recommendations for inspection, maintenance, re- 
newal, and overhaul intervals are based upon operation 
in this range. The difference between the power at MCR 
and the power level established for normal operation 
{which is sometimes called the continuous service power) 
is the engine margin. 

Figure 17 shows the speed-power curves for a ship. The 
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curves can be projected at the design stage by methods 
described in Chapter 1. The power absorbed by the propel- 
ler is less than the brake power because of transmission 
and shafting losses and attached loads. The average ser- 
vice condition curve reflects the fact that more power will 
be required for a given ship speed to be achieved in service 
than on trials, as described in Chapter 1. The allowance 
for service conditions, which is applied to the power esti- 
mate for the trial condition, is called the service margin, 
and is applied in addition to the engine margin. The total 
margin is the difference between the installed power (or 
MCR) and the power required to achieve service speed on 
trials with the hull and propeller dean and smooth, and is 
equal to the sum of the engine margin and the service 
margin. 

In practice, many operators will accept the use of the 
power reserve that is incorporated in the engine margin 
to meet required service speeds as the hull performance 
deteriorates. In fact, the division between engine margin 
and service margin is not consistently defined, since the 
continuous service power is arbitrarily determined. The 
only important consideration is that the total margin be 
adequate. 

5.2 Relation Between Ship Speed and Engine Perform- 
ance. The relation of the rpm of a fixed-pitch propeller 
to the ship speed at a particular draft and trim is illus- 
trated in Fig. 17. In service, as the hull and propeller 
roughen and drag increases, the rpm required at any 
given ship speed rises slightly {the slip increases). 

The average service speed is indicated in Fig. 17. If an 
engine were matched to run at 100% of rated rpm at the 
required service speed under trial conditions, it can be 
seen that to maintain the required service speed the en- 
gine would necessarily exceed its rated rpm increasingly 
thereafter, as the hull and propeller roughen. Conse- 
quently, propulsion engines must be matched to their pro- 
pellers so that the ship speed achieved at 100% rpm under 
trial conditions (the trial speed) exceeds the required ser- 
vice speed. 

With reference to Section 3.2, an engine is normally 
limited in its power output by constraints on thermal over- 
bad that are most conveniently expressed as an MEP 
limit. The MEP, like the torque, is proportional to the 
power developed divided by the rpm. Since the service 
speed is below the trial speed, it is normally the MEP 
limit that will be reached first as the hull and propeller 
performance deteriorate in service (see Fig. 10). Thus an 
engine can be forced into a condition of excessive torque 
and MEP without exceeding rated power. The conse- 
quences of operation beyond the MEP limit are discussed 
in Section 3.2 of this chapter. 

5.3 Required Engine Rating, The engine rating is gen- 
erally determined so that, in the trial condition of the hull 
and propeller, at loaded draft and trim, the power required 
to drive the propeller, allowing for transmission and shaft- 
ing losses and any attached auxiliaries, will be between 
80% and 90% of the MCR, at rated rpm. This allowance 
will usually result in adequate margins. (Transmission 
and shafting losses are discussed in Chapters 9 and 10, 
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Fig. 17 Speed-power curves 

and in reference 3.) Engines are often selected so that the 
power required under rated rpm at trial conditions is even 
less than 80% to 90% of the MCR, if: 

— the ship must maintain rigorous schedules; 

“the long-term effects of increased hull and propeller 
roughness are expected to be large; 

— the ship is expected to be drydocked infrequently; 
—-a large allowance for adverse weather conditions is 
appropriate; or if 

— the intended trade will take the ship for extended 
stays into warm, seawater ports or anchorages, 
where increased hull fouling is likely. 

When the rating is determined so that the power ab- 
sorbed at rated rpm under trial conditions is less than the 
MCR, higher average power outputs can be utilized in 
service as the hull and propeller roughen, without exces- 
sive torque (as reflected in high MEP and cylinder exhaust 
temperatures), enabling higher ship speeds to be 
achieved. However, more power must be installed, and so 
acquisition cost and plant weight will be higher. As a 
further consequence, in single-screw, single-engine instal- 
lations, even if the ship can be ballasted down to loaded 
draft on trials, it may not be feasible to achieve MCR 
without overspeeding the engine. 
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ability, maintenance requirements, and present and fu- 
ture parts cost and availability* Trade-offs are usually 
necessary. A requirement for low weight or minimum 
machinery volume may be achieved at the expense of high 
fuel consumption or high maintenance requirements, ft is 
imperative that the engine be considered within the physi* 
cal and operating context of the whole installation; selec- 
tion of propulsion engines of light weight or low specific 
fuel consumption, for example, may not. result in the light- 
est or most cost-effective power plant. These issues are 
discussed in greater detail in Chapter 1. 

The operating profile of an engine assesses the time 
spent in various operating modes* All important modes 
must be considered, and periods of sustained idle or low- 
load operation must be included as well as those at high 
loads* For propulsion engines, operating modes may in- 
clude conditions of deep and light draft, clean and fouled 
hull, calm and heavy weather, cruising and high ship 
speed, towing or icebreaking and running free, and opera- 
tion with and without attached auxiliaries. The plant de- 
sign and engine selection will be affected if the profile 
includes frequent or extended periods of maneuvering or 
astern running* 

In selecting propulsion engines, consideration must be 
given to whether a single engine of the low-speed, direct- 
coupled type is most suitable, or if requirements are bet- 
ter met by one or more medium- or high-speed engines 
driving the propeller through gearing or electric drive. 


Hull Performance 



frfl. TV Speed-power curves for two 
engines geared to a single 
fixed-pitch propeller 


5,4 Engine Selection. Once the required engine rating 
has been established, other factors that affect the selec- 
tion of engines for a particular application must be consid- 
ered. Among these are the engine operating profile, the 
plant weight, the machinery space volume and configura- 
tion, fuel quality and consumption, acquisition cost, reli- 


The decision may be dictated by the available space. Using 
geared engines as an example, Fig. 18 illustrates the flexi- 
bility that can be achieved. With an electric drive, there is 
even greater flexibility, as discussed in Chapter 8* 

If low-speed operation is required for substantial peri- 
ods of time, a multiple-engine installation should be con- 
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sidered, since latitude is provided in matching the number 
of engines in service to the output required at different 
ship speeds. Unneeded engines can be in a standby capac- 
ity and quickly started when required. With a controllable- 
pitch propeller installation, additional flexibility is pro- 
vided in matching the number of engines in sendee to the 
ship speed , since the propeller thrust can be controlled by 
adjusting the propeller pitch, thereby enabling the engine 
rpm to be maintained within practical limits. When two 
identical engines are connected to drive a fixed -pitch pro- 


peller, however, single-engine operation may be limited or 
not possible in some cases, as illustrated in Fig. 19, be- 
cause one engine, run alone, would be insufficient or over- 
loaded. Alternative arrangements for this particular appli- 
cation, to permit the number of engines to be matched 
to ship speed with greater flexibility, include two larger 
engines* one larger engine (which alone can provide a 
wider range of low-speed operation) with a smaller engine, 
a two-speed transmission, or a larger number of smaller 
engines. 


Section 6 

Moments, Forces, and Vibration 


6.1 Introduction. The loads imposed by a diesel en- 
gine on its foundation and on connected equipment are 
predictable in nature, amplitude, and frequency and are 
usually among the data available from the manufacturer. 
Whether trouble will arise depends on the response of 
connected structure and equipment. If the frequency of a 
vibratory load, or one of its harmonics, is close to the 
natural frequency of connected structure or equipment, 
then even a small disturbance can excite a resonant re- 
sponse. 

Engine-imposed disturbances may be divided between 
(1) external forces and moments, which can excite a re- 
sponse from hull structure, and (2) torsional vibration in 
the propulsion drive train, which usually affects only 
shaft-connected equipment. Generally, forces and mo- 
ments internal to an engine are absorbed by the engine 
itself. 

The frequencies of engine-produced disturbances are 
related to the rpm of the engine, and are defined relative 
to that rpm by their order, that is, their frequency as a 
multiple of engine rpm. Fractional orders are encountered 
in the case of four-stroke engines. 

6.2 External Forces and Moments. External forces 
and moments arise from the reciprocating motion of the 
pistons and running gear, and would cause an unre- 
strained engine to pitch, roll, or yaw. With the engine 
installed in the ship, these disturbances can excite a re- 
sponse from the hull structure. 

a. Forces and moments resulting from piston mo- 
tion, An analysis of the motion of a piston and crank 
(see references 4 and 5) shows that a fluctuating and 
reversing force is developed, acting in the line of, but 
opposite to, the direction of piston motion. Since this force 
opposes the motion of the piston, it is generally called 
an inertia force, but may be more accurately termed a 
reciprocating force. The reciprocating force includes a 
first-order component with an amplitude proportional to 
the reciprocating mass multiplied by the square of the 
engine rpm, and second- and higher-order components of 
successively lower magnitudes. 

At each cylinder of an engine, the reciprocating force 
1S transmitted through the running gear to the engine 
structure as a disturbance that fluctuates in magnitude 


and direction at single and higher multiples of crankshaft 
rpm. The reciprocating force is a function of reciprocating 
mass, engine geometry {specifically the ratio of connect- 
ing rod length to crank throw), and rpm, so that a second, 
identical cylinder, running 180 degrees out of phase with 
the first, develops an out-of-phase but otherwise identical 
reciprocating force. The first-order component of this 
force is equal but opposite to that of the force developed 
by the first cylinder. However, second-order components 
from both cylinders would coincide to reinforce each 
other. This situation would be resolved if a pair of addi- 
tional cylinders, 180 degrees out of phase with each other, 
were added 90 degrees out of phase with the initial pair 
of cylinders, so that the reinforced second-order compo- 
nents of the new pair opposed those of the first pair. This 
arrangement would produce a four-cylinder engine which 
would have balanced first- and second-order reciprocating 
forces. 

The reciprocating forces at each cylinder act on the axis 
of the cylinder, and are, therefore, displaced along the 
length of the crankshaft Consequently, when the recipro- 
cating forces acting on the cylinders of a multicylinder 
engine are balanced as described in the previous para- 
graph, couples are created in the vertical, longitudinal 
plane that would cause an unrestrained engine to pitch. 
These couples are called vertical couples or inertia cou- 
ples, because of their origin in the reciprocating force 
components, but are perhaps best described as pitching 
couples. If an engine has enough cylinders, they can be 
so arranged that first- and second-order pitching couples 
can be balanced, although this cannot be done with two- 
stroke engines having four, five, and six cylinders, or with 
five-cylinder, four-stroke engines. 

For in-line engines it is often advantageous to convert 
first-order pitching couples to yawing couples, in whole 
or in part, since many ships sensitive to vertical distur- 
bances at the frequencies in question may be less sensitive 
to athwartships disturbances. The conversion is achieved 
with additional counterweights on the crankshaft (that is, 
in addition to the counterweights fitted to balance the 
crankpins and webs). The additional counterweights, as 
they rotate, generate a first-order rotating couple, only 
the vertical components of which can be used to balance 
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Fig. 20 Camshaft drive years with counterweights 


the pitching couple, leaving an unbalanced first-order cou- 
ple in the horizontal plane. The manufacturers of the large 
two-stroke engines consider, as their standard arrange- 
ment, additional counterweights sufficient to cancel half 
of the first-order pitching couple, thereby imposing a first- 
order yawing couple of equal magnitude. 

Additional counterweights are especially useful on V- 
engines, which, because of the inclined banks of cylinders, 
can develop both yaw and pitch couples that have large 
first-order components. Counterweights on the crank- 
shaft are used to eliminate the yaw couple and reduce the 
pitch couple, or to convert the remaining pitch couple to 
a yaw couple. 

A first-order pitching couple can be canceled by two 
pairs of counterweights rotating in opposite directions at 
crankshaft rpm. Figure 20 illustrates an arrangement on 
a two-stroke V-engine, where the camshafts rotate at 
crankshaft rpm, One weight is on each of the camshafts, 
which are geared to run in opposite directions. Since the 
weights rotate in opposite directions in the same trans- 
verse plane, the horizontal components of the forces they 
generate always cancel, leaving only a vertical force fluc- 
tuating at first-order frequency. By fitting two pairs of 
such weights, longitudinally separated along the crank- 
shaft, the first-order pitching couple can be canceled with- 
out generating a yawing couple. The same principle can 
be used to balance the second-order pitching couples if 
the pairs of opposing counterweights are driven at twice 
crankshaft rpm, an arrangement that is known as a 
Lanchester balancer. A chain-driven La n Chester balancer 
is shown in Fig. 21. In principle, the higher-order pitching 
couples could be countered by similar means; in fact they 
are not often of sufficient magnitude to cause concern. 

b. Transverse forces and resulting moments. Be- 
cause the upper end of the connecting rod is constrained 
to reciprocate, a force normal to the direction of piston 
motion is imposed on the engine structure by the cross- 
head or, in a trunk-piston engine, by the piston skirt This 
force, called the normal force or guide force, reflects the 



gas force on the piston and the angle of the connecting 
rod, and reaches a peak near the middle of the power 
stroke, with a lower peak in the opposite direction near the 
middle of the compression stroke. Since the reciprocating 
force is superimposed on the gas force, the normal force 
has a major first-order component, and higher-order com- 
ponents of successively lower magnitude. Although the 
normal force is balanced at all times by an equal and 
opposite horizontal force at the main bearing, the vertical 
displacement of these two forces produces a couple acting 
in the vertical, transverse plane (that is, the roll plane) at 
each cylinder. This couple may be called a roll, capsizing, 
or tipping couple or, because Its peak amplitude occurs 
during the power stroke, and is therefore proportional to 
the torque produced, a torque-reaction couple. Two- 
stroke, in-line engines have roll couples whose largest 
component is at an order equal to the number of cylinders; 
for four-stroke, in-line engines, the order of the largest 
component is equal to half the number of cylinders. In 
V-engines, where two cylinders operate each crank, the 
largest roll couples are at an order equal to the number 
of cranks for two-stroke engines, and at an order equal 
to half the number of cranks for four-stroke engines. 

In addition to the roll couple, because of the longitudinal 
displacement of the cylinders in a multicylmder engine, 
the guide forces and the horizontal bearing reaction forces 
generate equal but opposite yaw moments, one moment 
acting at the height of the wrist pins and the other mo- 
ment acting at the height of the main bearings. The re- 
sulting couple can force the top of a tall engine into a 
racking motion (that is, an X-pattem when viewed from 
above) since the base of the engine is constrained. 

Roll couples and racking couples can be countered when 
necessary by bracing the top of a crosshead engine to 
adjacent hull structure with transverse struts. Because 
of the inherently more rigid structure of trunk-piston en- 
gines compared with the tall crosshead engines, and also 
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because of the higher frequencies resulting from the 
higher rpm and greater number of cylinders, these cou- 
ples are not normally troublesome with these engines. 

c . Longitudinal forces. A pulsating longitudinal 
force is produced by the deflection of the crank webs 
under load, and contains first- and higher-order compo- 
nents, all of low magnitude and, therefore, not normally 
a source of trouble. Occasionally, however, a higher-order 
component of this longitudinal force may coincide with 
the natural frequency of the crankshaft itself. The usual 
solution in this case is to fit a damper, comprising a 
dummy piston under engine oil pressure, at the free end 
of the crankshaft 

d. Summary of external forces and moments: in-line 
engines. For in-line, vertical engines with evenly spaced 
power strokes and no balancing gear or additional coun- 
terweights, the most serious external moments and forces 
generally encountered are listed below. It should be noted 
that most of these disturbances can be corrected as de- 
scribed above. Higher-order disturbances may be present 
in all planes, including the longitudinal, but, because of 
their low magnitudes, these only occasionally cause 
concern. 

• Two-stroke in-line engines: 

—four-cylinder engines usually have severe first- 
and second-order pitching couples and a severe 
fourth-order roll couple; 

— five-cylinder engines usually have a moderate 
first-order pitching couple, but severe second-or- 
der pitching and fifth-order roll couples; 

— six-cylinder engines usually have no first-order 
pitching couple, but a severe second-order pitching 
couple and a severe sixth-order roll couple; 

—engines with seven or more cylinders usually have 
moderate or negligible first- and second-order 
pitching couples and moderate roll couples at an 
order equal to the number of cylinders; and 

— eight- and twelve-cylinder engines may have rack- 
ing moments sufficient to require countermea- 
sures, typically at third, fourth, and fifth orders. 

• Four-stroke iodine engines: 

— four-cylinder engines usually have a severe sec- 
ond-order vertical force and a severe second-order 
roll couple; 

— five-cylinder engines usually have a moderate 
first-order pitching couple, but a severe second- 
order pitching couple and a severe 2.5-order roll 
couple; and 

— engines with six or more cylinders will usually 
have moderate or negligible first- and second-or- 
der couples and moderate roll couples at an order 
equal to half the number of cylinders. 

e. Summary of external forces and moments: Y-en- 
gines. V-engines are arranged with opposite cylinders 
in each bank acting on the same crank and generally, 
therefore, firing in succession. For an even distribution 
of power strokes, the angle between the banks would 
have to be equal to the firing interval, but to simplify 


manufacturing a constant V-angle (typically 45 or 50 deg) 
is usually used regardless of the number of cylinders. 
Where an uneven distribution of power strokes results, 
the effect is mitigated by the large number of cylinders 
present. 

The most serious external moments and forces gener- 
ally encountered in four-stroke V-engines without balanc- 
ing gear or additional counterweights beyond those neces- 
sary to reduce tirst-order rotating couples, and with a 
typical bank angle of 45 to 50 deg, are listed below. Most 
first- and second-order disturbances can be corrected us- 
ing combinations of oppositely rotating counterweights. 
Higher-order components may be present in all planes 
but, because of their low magnitudes, only occasionally 
cause trouble. 

• Four-stroke V-engines: 

-eight-cylinder engines can be balanced in regard 
to first- and second -order pitching and yawing cou- 
ples. but only if the bank angle is equal to the 
firing interval of 90 deg; smaller angles can result 
in first-order disturbances sufficient to require 
correction; 

—ten-cylinder engines usually have moderate first- 
and second order pitching and yawing couples and 
a moderate 2. 5-order roll couple; 

— 12-, 16-, and 24-cylinder engines are generally bal- 
anced in regard to low-order pitching and yawing 
couples, although they usually have low to moder- 
ate roll couples at an order equal to half the num- 
ber of cranks (that is, at a quarter the number of 
cylinders); and 

—14-, IS-, and 20-cylinder engines usually have mod- 
erate or negligible first- and second-order pitching 
and yawing couples as well as low-to-moderate roll 
couples. 

There are far fewer designs of two-stroke V-engines 
than four-stroke, but many two-stroke V-engines are 
found in marine service. These engines have a firing order 
selected to eliminate secondary forces and couples, but 
with a 45-deg bank angle they would have a rather large 
primary pitching couple even after fitting crankshaft 
counterweights, were it not for the use of camshaft coun- 
terweights (see Fig. 20) to provide first-order moment 
compensation. This is possible because the camshafts run 
at engine rpm and are geared to run in opposite directions. 
The 45-deg bank angle and the selected firing order result 
in evenly distributed power strokes in the VS and V16 
engines, but not in the V12 and V20 engines, where the 
large number of cylinders provides adequate compen- 
sation. 

6,3 Torsional Vibration. Torsional vibration arises 
from periodically varying torque superimposed on the 
steady torque being transmitted by an engine to its load. 
The sources of this varying torque include the discrete 
power strokes of the engine, which generate torque pulsa- 
tions once per crank throw per cycle, and higher orders of 
this frequency. In ships with direct-connected low-speed 
diesels, this is usually the dominant source of torque vari- 
ation. Torsional vibration calculations are required at an 
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early stage in the design process, as soon as the engine 
has been selected and the configuration of the rotating 
system, including shafting, couplings, clutches, gearing, 
bearings, and propeller, is known. Flexible couplings and 
spring-loaded torsional dampers are both susceptible to 
low-frequency excitation, such as that produced when one 


cylinder is taken out of service. Consequently, torsional 
vibration calculations are usually required for operation 
with a cylinder out of service, and additional barred speed 
ranges may then be imposed. More details concerning 
torsional vibration considerations are included in Chapter 
10 . 


Section 7 

Engine Component? 


7*1 Cylinders end Pistons, Cylinder liners are usually 
made of centrifugally cast iron, with a collar at the top, 
and are inserted downward into the cylinder block and 
secured by the cylinder head. Most liners are of the wet 
type, forming the inside of a water-circulated jacket for 
the cylinder, the outside of which is formed by the cylinder 
block. The collar of the liner, which can be quite deep as 
in Fig. 2, may be bore cooled, that is, drilled for cooling 
passages. This technique provides the high strength of a 
thick section while bringing cooling water close to the 
heated surface* Liners for two-stroke engines have ports 
at the BDC position for air admission; liners for loop- 
scavenged engines have a second set of ports, higher than 
the air ports, for exhaust gas* 

On large engines, a separate cylinder head is provided 
for each cylinder* A head may be made in one piece or 
may consist of multiple parts of different materials* The 
head of a four-stroke engine carries the air and exhaust 
valves and the fuel injector and, in large engines, a start- 
ing air valve, an indicator cock, and a relief valve, and 
must be internally cooled. The resulting complex shape is 
usually made of high-strength cast iron, although cast 
steel has been used. Heads of two-stroke engines are usu- 
ally simpler, particularly in loop-scavenged engines where 
the head carries only the injector, the starting air valve, 
indicator cock, relief valve, and cooling passages; and in 
these engines the head may be a steel forging with bored 
cooling passages. The head is bolted to the cylinder block 
through holes around its periphery, securing the liner 
collar against the block, and compressing the gaskets. 
When the head is in place, its cooling passages are continu- 
ous with those of the cylinder block and liner; the water 
is introduced at the bottom of the cylinder and rises to 
exit at the top of the head. 

Cylinder blocks of large engines are usually separate 
for each cylinder, and are generally of cast iron* Cylinder 
blocks of low-speed engines are generally bolted to each 
other as well as to the supporting structure of the frames 
and bedplate, to add to the longitudinal strength of J:he 
engine* In some medium- and high-speed engines, the cyl- 
inder blocks are an integral part of the frame, into which 
the liners are inserted, and to which the heads are bolted* 
In two-stroke engines, in addition to forming the outside 
of the cooling passage, the cylinder block forms part of 
the air supply trunk and, in loop-scavenged engines, also 



Fig. 22 Trunk piston 


carries exhaust gas from the liner ports to the exhaust 
manifold* 

The bottom of the combustion space is formed by the 
piston crown, which may be shaped to aid the combustion 
process, as in Figs. 22 and 23* One-piece pistons are usu- 
ally of cast iron, although one-piece, cast-aluminum pis- 
tons are used in some light-duty engines. Most two-piece 
pistons have a crown of forged or cast steel and a cast 
iron or cast aluminum lower part, called the piston skirt* 

The piston-to-liner clearance is sealed by circular iron 
piston rings, which are compressed to fit the bore but are 
otherwise free to move in the ring grooves of the piston. 
The resulting pressure against the liner is supplemented 
by gas pressure acting on the inner circumference of the 
rings to seal the cylinder as the piston reciprocates. The 
movement of the rings in the grooves results in wear, and 
the condition of the grooves is one factor governing the 
life of the piston. The grooves may be plated or locally 
hardened* When rings are fitted in an aluminum piston or 
skirt, a separate, hardened steel insert may be fitted to 
provide grooves for the piston rings* The piston rings 
themselves are wearing components* which may be plated 
and shaped to improve their initial running-in and their 
subsequent performance* Trunk pistons may be fitted 
with oil rings above or below the wrist pin to control the 
amount of oil used for cylinder lubrication. 

Piston crowns must be internally cooled. In crosshead 
engines, the bottom of the piston is sealed, and lubricating 
oil or water is circulated through the cooling passages 
below the crown, brought in and out through telescopic 
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Fig* 23 Piston for crosshead en- Fig* 24 Forked connecting rod with 
gine, with piston rod marine bottom, and cros*head 

pipes or internal borings in the piston rod. Trunk pistons 
are oil-cooled, with the oil circulated up through the con- 
necting rods or sprayed directly against the bottom of the 
crown from stationary jets* Piston cooling passages may 
be formed in the casting or forging process, or by boring. 
The internal cooling is supplemented by conduction 
through the rings to the cylinder liner. 

Trunk pistons carry the wrist pin and transmit the nor- 
mal force from the connecting rod to the cylinder liner. 
The pin is usually carried in bosses cast into the piston or 
skirt, as in Fig. 22, or, in some designs, in a carrier inserted 
into the piston skirt. The pin may be secured to the piston 
or carrier, or to the connecting rod, or may float between 
axial constraints in the piston* In some two-stroke engines 
the piston is free to rotate around the carrier; in some 
four-stroke engines the “pin” is in fact spherical, and the 
piston is mechanically rotated in small increments with 
each revolution. Crosshead engine pistons can be short, 
as in Fig. 23, since the normal force is transmitted through 
the crosshead and its guides. 

The cylinders of crosshead engines and some trunk pis- 
ton engines are lubricated by oil injected through holes in 
the liner, usually arranged in rows of six or eight holes, 
near the middle of the stroke (see Fig. 43). The cylinders 
of most trunk piston engines are lubricated by controlled 
leakage from the wrist pin bearing, or by the cylinder 
cooling oil, passed through holes in the skirt, or by spray 
or splash from the crankcase. 

7*2 Piston Rods and Crotsheads* Piston rods and 
crossheads are found only in crosshead engines. Piston 
rods are manufactured from steel forgings, and are bolted 


to the piston and to the crosshead. With oil-cooled pistons, 
the rod may be bored to carry the oil. 

A crosshead is shown in Fig. 24. The core of the cross- 
head is a steel forging. The wrist pin, more properly called 
a crosshead pin in this application, may be integral with 
the crosshead block* The crosshead shoes or slippers are 
cast iron or steel, and are faced with white metal (babbitt) 
bearing surfaces* Crosshead guides may be an integral 
part of the engine frame, or they may be bolted on* 

Because of the purely linear motion of the piston rod, 
the bottoms of the cylinder blocks can be isolated from the 
crankcase by a diaphragm and packing gland, as shown in 
Fig. 2. This construction prevents contamination of the 
crankcase oil by combustion products blowing by the pis- 
ton rings, and by excess cylinder lubricating oil running 
off the liner* In trunk-piston engines, this kind of contami- 
nation is all but inevitable. 

7*3 Connecting Reds, Crankshafts, and Bearings* Con- 
necting rods are manufactured from steel forgings or 
castings, with a bearing at the bottom for the crankpin* 
When the bearing housing is separate from the shank, as 
in Fig* 24, it is said to be of the marine type. The arrange- 
ment in Fig. 3 is frequently used in trunk-piston engines, 
as it permits the connecting rod to be withdrawn through 
the cylinder bore with the piston* The configuration at the 
top of the rod depends on the connection to the wrist 
pin: in Fig, 24, the top is forked to clear the piston-rod 
attachment to the crosshead. In trunk-piston engines, the 
connecting rod may be fixed to a pin, which is free to 
swing in the piston bosses, or it may be free to pivot about 
the pin, as in Fig. 22* In V-engines, where the connecting 
rods of adjacent cylinders share the same crankpin, the 
cylinders may be offset longitudinally to permit the con- 
necting rod lower ends to be side-by-side, as in Fig. 3. 
When the cylinders are not offset, the bottom end configu- 
ration is complex* 

Crankshafts are usually of steel, forged in one piece, 
even for very large engines, or they may be built up, 
as in Fig. 25, usually by shrink-fitting separately forged 
crankpins and main journals to cast steel crank webs. 
When each crank throw (crankpin and two webs) is a 
single piece, and these are shrunk or welded to the main 
journals, the term semi-built is used. Some smaller en- 
gines have ductile cast iron crankshafts* In large, low- 
speed engines, very long crankshafts (for more than 6 to 
8 cylinders) are usually manufactured in two sections, 
flanged and bolted at mid-length. Counterweights are 
sometimes integral with the crankshaft, but for most 
large engines* are bolted on, as in Figs. 1 and 3* Most 
crankshafts are drilled for oil passages* In some cases the 
diameter of the internal drilling of crankpins is varied to 
assist in counterweightmg* 

Crankshafts of low-speed direct-connected engines in- 
corporate the main thrust collar. For other engines the 
aftermost bearing may include shallow thrust collars in- 
tended solely to maintain the axial position of the crank- 
shaft. Integral flanges permit attachment of flywheels, 
timing gears or sprockets, and torsional dampers, as well 
as coupling the engine to the load. 
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Fig. 25 Built-up crankshaft 


The major bearings in most engines are of the precision 
type, with split, renewable-steel shells lined with alloys of 
tin, lead, copper, and aluminum, often with an overlay on 
the lining to prevent corrosion in storage and to improve 
running-in. Where loadings permit, as is often the case 
for low-speed engine main and crankpin bearings, white 
metai (babbitt) linings are used, 

7,4 Bedplates and Frames. Bedplates and frames 6f 
the largest engines are each separate entities, as illus- 
trated in Fig. 2, which together form the crankcase, while 
in smaller engines a single fabricated assembly or casting 
may combine the functions of bedplate and frame, as 
shown in Figs. 1 and 3. Fabricated assemblies may be of 
steel, combining plate, structural sections, and forged and 
cast elements, or they may include cast-iron elements. 


Bedplates and crankcases of very large engines may be 
divided and flanged at mid-length. The engine is bolted to 
the foundation through a flange on the bedplate of large 
engines or, where there is no separate bedplate, through 
a flange or brackets on the frame. Cylinder blocks are 
bolted to the top of the frame, and the cylinder heads are 
bolted to the cylinder blocks. Vertical tie rods connect the 
tops of the cylinder blocks to the bottom of the frame or 
bedplate, and resist the gas forces acting upward on the 
cylinder head, and downward, via the running gear, on 
the main bearing supports. 

Below each cylinder, usually on both sides of the crank- 
case, large doors permit access for maintenance and in- 
spection. Pressure relief valves are fitted to the crankcase 
to minimize damage from an excessive pressure condition 
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Fig. 26 Comshafl wi*h axially displace reversing cams 


or explosion. This condition can arise when an overheating 
bearing vaporizes oil, creating an explosive mixture, 
which can then be ignited by further overheating of the 
bearing or, in trunk piston engines, by blow-by. An igni- 
tion would result in an initial rise in pressure that would 
be limited by the air within the crankcase. To relieve the 
pressure without admitting air to feed a secondary explo- 
sion, the relief valves are spring-loaded to open and then 
snap shut. 

7,5 Camshaft* and Valve Gear. Cams may be made 
of hardened steel castings or forgings, shrunk onto the 
camshaft, or they may be integral with the camshaft 
The camshaft may be divided into segments serving each 
cylinder, or may be continuous. 

At each cylinder, separate cams arc fitted for each pur- 
pose: for four-stroke engines, there are cams for the fuel 
injection pump, for the air valves, and for the exhaust 
valves; two-stroke engines with uniflow scavenging have 
cams for the fuel pump and exhaust valves, but two- 
stroke engines with loop scavenging have cams for the 
fuel pump only. Where each cylinder has two air valves 
or two exhaust valves, both are most often operated by a 
single cam. The camshafts may also drive the governor, 
a lubrieating-oil pump for the valve gear, and, on air- 
started engines, the starting-air distributor. V-engmes 
usually have a camshaft for each bank of cylinders. 

Four-stroke reversing engines most often have a second 
full set of cams axially displaced from the first, on each 
camshaft, as in Fig. 26, with reverse running requiring 
that the camshaft be shifted axially. To reverse two- 
stroke engines, it is often sufficient to change the timing 
of the camshaft by an angular shift in its relation to the 
drive gear. On some two-stroke reversing engines, the 
exhaust timing is sufficiently symmetrical about BDC to 
remain unchanged, and the shift in fuel pump timing is 
achieved by displacing the follower by the required angle, 
as in Fig. 27. Reversing is further discussed in Section 8, 

Camshafts are driven from the crankshaft, usually by 
timing gears, but on some engines by a chain -and -sprocket 
drive. To isolate the timing from the effects of torque 
variation in the crankshaft, a torsional damper may be 



Fig, 27 Fuel pump com. with reversing follower 



fitted to the camshaft. On four-stroke engines the cam- 
shaft runs at half crankshaft rpm; on two-stroke engines 
the camshaft and crankshaft run at equal rpm. The cam- 
shaft drive may also be used to drive engine-mounted 
auxiliaries or balancing gear. 

Fuel-injection pumps are usually mounted directly 
above their cams, with the cam followers attached to the 
pump plungers, as in Fig. 13. Fuel-injection equipment is 
further discussed in Section 4. Valves of medium- and 
high-speed engines are usually opened by push rods and 
rockers, as in Figs, 1 and 3, as are valves of older low- 
speed engines, but most low-speed engines use a hydraulic 
drive, which is illustrated in Fig, 28, Valves are generally 
closed by steel springs, but, in most low-speed engines, 
compressed air is trapped below a piston on the valve stem 
to serve as an air spring, also illustrated in Fig, 28. 

7,6 Cylindir-Hetid Mountings. Cylinder-head mount* 
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mgs of a four-stroke engine may include the air and ex- 
haust valves, the fuel injector, a starting-air valve, an 
indicator cock, and a relief valve* For two-stroke uniflow- 
scavenged engines, air admission is by ports in the liner, 
and there is no air valve in the head, but if the exhaust is 
then handled by a single, centrally located valve (Fig. 2), 
there may be multiple fuel injectors. For loop-scavenged 
engines the head carries only the injector, the starting-air 
valve, indicator cock, and relief valve. 

Valves and their seating surfaces can be of critical impor- 
tance, especially the exhaust valves of engines that operate 
on heavy fuel. Figure 29 shows a common arrangement for 
four-stroke engines, with each valve carried in a cast-iron 
guide inserted in the head, and seating on a renewable in- 
sert While this arrangement is successfully used in many 
heavy -fuel engines, in others the exhaust valve is carried 
and seated in a valve cage (Fig. 30), enabling inspection and 
renewal without lifting the head. In either arrangement the 
valve seat is intensively cooled, as may be seen from the 
figures. Exhaust-valve cooling is further improved by the 
reduction of hot spots; this is accomplished by rotating the 
exhaust valves when they are off their seats. Mechanical 
rotators may be used, or vanes may be fitted to the exhaust 
valve stem, as in Fig. 1. 

Valves are machined from alloy steels. Exhaust valves 
are frequently made from nimonic steel, and may have a 
welded-in Stellite seating surface on the head. Valve seat 
inserts are usually of hardened or Stellite-faced steel. 
Valve cages are usually of cast iron, with a welded-in seat 
of hardened or Stellite-faced steel 

Fuel injectors are discussed in Section 4. 

A starting-air valve is shown in Fig. 31. In V-engines, 
starting-air valves are normally fitted in only one hank 
of cylinders. These are pilot-operated valves, opened in 
correct sequence by air from the starting-air distributor 
driven from the camshaft. 

7.7 Turbochargers. A turbocharger with a centrifu- 
gal compressor and axial-flow turbine is illustrated by 
Fig. 9. Radial-flow turbines are also used, usually in 
smaller turbochargers. The turbine and compressor are 
mounted on a short, stiff shaft to form the rotor. Rotors 
are usually built up from independent elements, all of 
corrosion -re sis ting steel Casings are usually cast-iron 
barrels, arranged for end-withdrawal of the rotor. Cas- 
ings may have a water jacket for the whole turbine, or 
may be cooled only in the vicinity of the turbine gland and 
bearing, as shown in Fig, 9, to permit better waste-heat 
utilization (see Section 9). Bearings may be of the sleeve 
or antifriction types, and may be at the extreme ends of 
the shaft as shown in Fig. 9, or between the turbine and 
compressor. One bearing must incorporate a thrust el- 
ement. * 

Lubricating oil and cooling water for turbochargers are 
generally supplied from the engine systems, but occasion- 
ally the turbocharger is fitted with an independent oil 
system. In either case means must be provided to maintain 
lubrication during a failure, until the rotor coasts to a 
stop. 

Turbocharger performance is discussed in Section 3.6. 



Fig. 29 Medigm-tpeed engine cylinder head and values. Note thot the e*’ 
hauil-voWe seat contains a cooling passage 



Fig. 30 Caged exhaust- valve with 
cooled sect and rotator 



Fig, 31 Storting-air valve 
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Section 8 
Engine Control 


8.1 Starting and Reversing Procedures. To Start a die* 
sel engine it must be rotated at sufficient speed to com- 
press the air in the cylinders (at very low speeds, leakage 
past the piston rings becomes very significant) so that a 
temperature is reached that is high enough to ignite the 
fuel when it is injected. Some engines, mostly smaller 
engines, are started by cranking motors, which may be 
battery, hydraulically, pneumatically, or mechanically 
driven. Most larger engines, however, are started by the 
timed introduction of compressed air directly into cylin- 
ders that are positioned at the beginning of their power 
strokes in the selected direction of rotation. The com- 
pressed air then drives those pistons down, in firing-order 
sequence, thereby compressing the air trapped in other 
cylinders. After one or two revolutions have been com- 
pleted, fuel is introduced in the normal manner into those 
cylinders whose pistons are completing a compression 
stroke, which then fire. The starting air is cut off, and the 
engine accelerates to idle or operating speed under the 
control of the governor. Typically each cylinder of an in- 
line engine is fitted with a starting-air valve, but com- 
monly only the cylinders of one bank of a V-engine are so 
fitted. The valves are usually opened by pilot air that is 
supplied in correct sequence via a camshaft-driven start- 
ing air distributor. 

In direct- re versing engines the starting-air distributor 
timing is shifted for reverse rotation (together with the 
timing of the inlet and exhaust valves and the fuel injec^ 
tion pumps), directing pilot air to those cylinders whose 
pistons have stopped just short of TDC on their up- 
strokes, so that the engine is rotated in the opposite direc- 
tion for starting. 

Starting systems of direct-connected, direct-reversing 
propulsion engines must be able to rotate the engine 
against the torque developed by the propeller. Where an 
engine is clutched to the propeller shaft, it is usually disen- 
gaged for reversing, while the shaft is held by a brake, 
then clutched-in after starting in the reverse direction. 
See Section 11,6 for further discussion of reversing se- 
quences. 

Because the maneuverability of a ship is affected by 
the ability to start and reverse the main engine, regula- 
tory bodies have set pertinent requirements. Typically, 
starting systems for direct-reversing main engines must 
be capable of twelve consecutive starts without recharg- 
ing, and for nonreversing engines the capability for six 
consecutive starts is required. 

8.2 Method of Engine Control The control of diesel 
engines centers on the regulation of the amount of fuel 
injected into each cylinder during each cycle. This is usu- 
ally accomplished by positioning the fuel racks of all of 
the injection pumps simultaneously, thereby regulating 
their effective strokes (see Section 4.2). For constant- 
speed engines, such as those driving generators, the racks 
are positioned by a governor. For variable-speed engines, 


in some cases the racks may be positioned directly by the 
operator* but in most cases regulatory bodies require that 
the racks be positioned by a governor whose set point is 
adjusted by the operator, 

8.3 Control System Safety Device i . In addition to the 
aforementioned speed-regulating governor, most engines 
are fitted with some or all of the following additional 
safety devices, some of which are regulatory body re- 
quirements, and some of which are required only for pro- 
pulsion engines: 

* Interlocks: 

to prevent starting if the turning or barring gear 
is engaged; 

to prevent starting of a direct-reversing propul- 
sion engine if the camshaft position (ahead or 
astern) is not in compliance with the engine or- 
der telegraph; 

to prevent fuel injection to a direct-reversing pro- 
pulsion engine if the engine rotation is incorrect 
(because of way on the ship), even if the cam- 
shafts are correctly set; and 
to prevent reversing of a direct-reversing propul- 
sion engine if the fuel rack is not in its zero 
injection position. 

* Devices to stop the engine or to reduce its speed to 
a low level in the event of: 

low lubricating oil pressure, 
overspeed (independent of the governor), 
loss of cylinder oil flow, 
low coolant pressure, 
high coolant temperature, 
high charge air temperature, 
high air manifold temperature, 
high exhaust gas temperature, and 
deviation in exhaust gas temperature of one cylin- 
der from the average. 

* A maximum fuel injection limit (which corresponds 
to a torque limit) that is set by a mechanical stop that 
blocks movement of the fuel rack to prevent extreme over- 
loads. 

8.4 Engine Control, Instrumentation, and Automation. 

Even in highly automated plants, all essential data should 
be monitored by local, independent indicators (Bourdon- 
tube pressure gages and mercury thermometers, for ex- 
ample) and all essential functions should be capable of 
manual control Where direct manual control is not feasi- 
ble, and a pneumatic, hydraulic, or electrical Unk is pres- 
ent, suitable local backup should be present 

In addition to local instrumentation of the support sys- 
tems (see Section 10), local instrumentation on a propul- 
sion engine typically includes the following: 

* Thermometers for: 

jacket water supply (inlet to engine); 
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jacket water outlet of each cylinder; 
cooling water outlet of each turbocharger; 
injector coolant supply; 
injector coolant outlet for each cylinder; 
bearing lubricating oil and control oil supplies; 
lubricating oil outlet of each main bearing, crank- 
pin bearing, crosshead bearing, turbocharger 
bearing, and the thrust bearing; 
piston coolant supply; 
piston coolant outlet for each piston- 
fuel oil supply; 
air cooler air inlet and outlet; 
air cooler cooling water supply; 
air manifold (for fire detection); 
exhaust gas at each cylinder; and 
exhaust gas before and after each turbocharger 
turbine. 

* Pressure gages (or manometers) for: 

bearing lubricating oil and control oil supplies, 

seawater supply, 

injector coolant supply, 

piston coolant supply, 

fuel oil supply, 

air intake filter pressure drop, 
air cooler air pressure drop, 
air manifold, 
exhaust manifold, 
control air supply, and 
starting air supply. 

* Dipsticks, gage glasses, or sight-flow indicators for: 

lubricating oil sump level, 
turbocharger gravity tank level, 
discharge of each cylinder oil lubricator, and 
air manifold level (to warn of oil or water accumu- 
lation). 

For geared and clutched engines, local instrumentation 
typically includes the following: 

* Thermometers for the reduction gear and thrust 
bearing lubricating oil supply, and for the lubricating oil 
outlet of each reduction gear bearing, and the thrust, 
bearing, 

* Pressure gages for the reduction gear and thrust 
bearing lubricating oil supply, and for the clutch operating 
and control air supply, 

* Dipsticks for gear and thrust bearing oil sumps. 

Local instrumentation and sensors fitted for remote 
instrumentation, for alarms, and for the initiation of auto- 
matic sequences should be independent of each other. 

A local control console at an engine might provide the 
following control and instrumentation functions: 

» Control functions: 

selection of local or remote control, 

engine order telegraph, 

positioning of camshaft for ahead or astern, 

starting air valve opening and closing, 

governor speed set-point selection, 

direct fuel rack positioning, 

engine starting, 


emergency stop, and 

override automatic stop or slowdown. 

* Instrumentation functions: 

bearing lubricating oil supply pressure, 
jacket water outlet temperature, 
piston coolant outlet temperature, 
starting air supply pressure, and 
engine rpm. 

Where plant control is centralized (the normal case), 
usually in an acoustically isolated, air-conditioned control 
room, and usually with bridge control of the main engine, 
the main engine control console may provide the following 
control and instrumentation functions: 

—selection of local, control room, or bridge control; 
—selection of direction of engine rotation (direct-re- 
versing engine); 

—initiation of a programed start sequence; 

— manua? start; 

—speed setting; 

— control of clutches; 

-controllable-pitch propeller pitch selection and indi- 
cation; 

— engine order telegraph; 

— emergency stop; 

—override of automatic stop or slowdown; 
—continuous display of key parameters, which may in- 
clude: 

engine rpm, 
turbocharger rpm, 

propeller rpm (where clutches are fitted), 
starting air supply pressure, 
control air pressure, and 
air manifold pressure; 

— demand display of all of the parameters listed above 
for local instrumentation (frequently using listings 
or schematics on a visual display terminal); and 
—alarm annunciator for all alarmed points, which will 
include most or all of the parameters listed above 
for local instrumentation, depending on the level of 
automation, and, in addition, for a crankcase oil- 
mist detector. 

Usually the main engine control console is incorporated 
in a larger control console for the entire plant, with con- 
trols and continuous display instrumentation for auxiliary 
systems arrayed in rational order. Demand display and 
alarm annunciation for these systems are usually inte- 
grated with those for the main engine. In the most com- 
mon arrangement, the ship's service generator remote 
control panels, the main switchboard, and grouped electri- 
cal distribution panels are also located in the control room, 
opposite the plant control console. In addition, consoles for 
the control of bilge and ballast systems, and the control of 
fuel filling and transfer, may be installed in the control 
room. 

Where bridge control is installed, the bridge control 
console may provide the following main engine control 
and instrumentation functions: 

—selection of engine or bridge control; 
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— single-lever or telegraph control of; 

direction of engine rotation (direct-reversing 
engine), 

programed start sequence, 
speed setting, 
clutches, and 

controllable-pitch propeller blade position; 

— engine order telegraph; 

— emergency stop; 


— override of automatic stop or slowdown; 
—continuous display of key parameters, which may in- 
clude: 

engine rpm, 

propeller rpm (where clutches are fitted), 
controllable-pitch propeller blade position, 
starting air supply pressure, 
clutch air supply pressure; 

— engine alarm condition; and 
—auxiliary system alarm condition. 


Section 9 

Waste-Heat Recovery and Utilization; Steam Systems 


9.1 Sources and Uses of Waste Heat, The points of 
heat rejection from diesel engines that are normally con- 
sidered to have a practical potential for waste-heat recov- 
ery are the engine exhaust, the charge-air cooler, and the 
jacket coolant 

« Heat usually is recovered from the exhaust gas of 
a main propulsion engine to generate steam for fuel and 
lubricating oil heating and hotel services. Excess steam 
can contribute to cargo heating or other cargo service 
needs where these are appropriate. 

• Where the diesel plant is large enough and the elec- 
trical needs sufficiently limited, enough steam can be gen- 
erated by the exhaust gases to meet the electrical load 
with a waste-heat turbogenerator (WHTG). Where a 
WHTG can meet only part of the demand with steam from 
the waste-heat boiler, it may still be economically justified, 
with the balance of the electrical demand met by supple- 
mental steam from oil-fired boilers, from an attached gen- 
erator, from an exhaust-gas turbine-driven generator (see 
Section 9.7), or from SSDGs. 

• Heat recovered from the charge-air cooler of a main 
engine is most often considered for the preheating of 
feedwater for an exhaust-gas boiler, for fuel tank heating, 
for lubricating oil purifier heating, for absorption re- 
frigeration systems, for quarters heating, or for produc- 
ing hot water. 

• Heat is most often recovered from the jacket water 
of a main engine for use in freshwater generating plants. 

The practicality of waste-heat recovery from auxiliary 
engines depends on their size and utilization. Passenger 
and naval vessels, with their large electrical plants and 
high demand for heat to generate fresh water, are likely 
candidates for auxiliary engine waste-heat recovery. 

9.2 Steam Systems. Figure 32 illustrates a simple 
steam system used frequently on ships where steam re- 
quirements are few, and in which an oil-fired package 
boiler serves as the steam drum for a forced-circulation, 
water-tube, waste-heat boiler. This type of system is eas- 
ily automated; any excess steam produced is dumped 
through a pressure-regulating valve to the seawater-dr 
culated condenser, while a shortage of steam triggers a 
pressure switch to supplementally fire the oil-fired boiler. 


The fact that the oil-fired boiler is filled with saturated 
steam and water at all times facilitates a rapid response. 
In some installations gas bypasses are fitted to the waste- 
heat boiler to control the production of steam. Where 
sufficient waste heat is available for a turbogenerator to 
be fitted, the system can be as simple as in Fig. 33, or 
more complex, as in Fig. 34. 

Some ships are fitted with waste-heat boilers of the 
gas-tube type in which the production of steam can be 
controlled by varying the water level. The oil-fired boiler 
would not necessarily be in the circuit, but it can be kept 
warm by a steam heating coil. Where the steam demand 
is in the range of about 2000 kg/h or less (the usual case 
on dry-cargo vessels), the oil-fired boiler is most often of 
the fire-tube type. 

Figure 35 illustrates a typical tanker steam plant that 
supplies steam for cargo heating, cargo and ballast pump- 
ing, and tank cleaning. Two oil-fired boilers supply steam 
at a pressure sufficient for cargo and ballast pump tur- 
bines, and also serve to supplement the output of the 
waste-heat boiler. Because the waste-heat boiler operates 
at lower pressure, it is provided with its own steam drum, 
and the oil-fired boilers are fitted with heating coils. The 
oil-fired boilers in this example are of the double-circuit 
type; an oil-fired, closed primary steam circuit generates 
steam in an attached secondary drum (also called a re- 
boiler) to preclude contamination of the primary steam 
circuit from a leaking cargo heating coil The same results 
can be achieved by using a contaminated evaporator (low* 
pressure steam generator) to supply cargo heating steam. 

The design pressure of a ship s steam system may be 
dependent on its use for fuel heating, as discussed below. 
Heating coils or pipes are fitted in drain tanks to maintain 
the feed temperature close to 10Q a C to provide a measure 
of deaeration. Because of the danger of sulfuric acid at- 
tack on cold economizer tubes, the system of Fig. 33 incor- 
porates an economizer recirculation valve which passes 
water from the saturated circuit into the feed upstream 
of the economizer, thereby enabling the feed temperature 
to be maintained even at a low engine output. 

Local pressure gages are fitted on each steam drum, on 
each steam main, after each pressure-reducing or regulat- 
ing valve, and at each pump suction and discharge. Ther- 
mometers are fitted at the superheater outlet, condenser, 
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drain tank, feedwater heater, and at the feedwater inlet 
and economizer outlet Gage glasses are provided for the 
condenser, for the drain tank, and for steam drums. 
Alarms are provided for high steam pressure, high super- 
heater outlet temperature, low feed-pump discharge pres- 
sure, high and low levels in steam drums and in the drain 
tank, and opacity or oil content at the inspection tank, 

9.3 Neat Recovery for Basic Ship's Services. The quan- 
tity and temperature of the exhaust heat vary with ambi- 
ent conditions and with engine output; the steam demand 
also varies. But usually, sufficient heat can be recovered 
from the engine exhaust to supply the basic ship's services 
under most, if not all, expected operating conditions. If it 
appears that sufficient heat can be recovered for basic 
services for some conditions, but is marginal for others* 
then a modest sophistication of the heat-recovery cycle 
might be justified along the lines laid out below. If the 
marginal condition might only occasionally be encoun- 
tered — for example, only in the coldest environment — 
then considering the frequency with which this might oc- 
cur, the potential use of an oil-fired boiler to supplement 
the steam supply should be considered. 


Some design constraints must be kept in mind in regard 
to waste-heat recovery: 

* The steam temperature and, therefore, its pressure 
must be high enough to ensure that the highest-viscosily 
fuels that will be used can be adequately heated. The 
highest-viscosity fuels may have to be heated to about 
160°C, requiring that saturated steam be generated at 8 
bars, to reach the fuel-oil heaters at about 170*G. (Diffi- 
culties arising from using such high fuel temperatures 
are discussed in Chapter 12.) 

* Since the generating tubes contain water and steam 
at the saturation temperature corresponding to the steam 
pressure, a waste-heat boiler without an economizer can 
recover heat only to the point at which the exit gas temper- 
ature is reduced to the saturation temperature of the 
steam, plus a terminal temperature difference of about 
lG a C. (The closest approach of the gas temperature to 
the steam temperature is called the pinch point, and is 
illustrated in Fig. 36,) Consequently, if the steam is gener- 
ated at 8 bars, the lowest exit gas temperature achievable 
without an economizer would be about 180 e C. 
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Fig. 33 


Wasle-heaJ sfeom plant with turbine-gener- 
ator and single- pressure boiler 


• When lower generating pressures are used, or when 
waste-heat boilers are fitted with economizers, lower gas 
exit temperatures are possible. In any event, however, the 
gas exit temperature should not be permitted to fall below 
about 160°C because of the danger of acid attack when 
sulfur-bearing fuels are used. Even distillate fuels can 
contain sulfur. 

9*4 Enhanced Waste-Heat Recovery. An increased 
use of waste heat, beyond meeting the basic needs for fuel 
and lubricating-oil heating and hotel services, requires a 
heat-recovery plant of increased complexity, size, weight, 
and cost. The extent to which such a plant is justified is a 
matter that must be resolved from an examination of the 
trade-offs involved, which may be largely economic in 
nature. 

a. Economizers. Because the lowest gas tempera- 
ture leaving the generating bank will exceed the satura- 
tion temperature of steam by the pinch point value, consid- 
erable heat may remain available in the gas. An 
economizer will enable further heat to be recovered from 
the exhaust gas until its temperature is reduced to the 
aforementioned limit, as illustrated in Fig. 36. However, 
with feedwater entering the economizer at the drain tank 


temperature (or even up to about 140*C), the outside sur- 
face of the economizer tubes will be below the acid dew 
point temperature even though the bulk temperature in 
the gas stream is above it, thereby inviting acid condensa- 
tion and attack. One means of avoiding this situation is 
by economizer recirculation; in the form shown in Fig. 
33, water from the discharge of the circulating pump is 
injected into the feedwater stream at the economizer inlet, 

b* Feedwater heaters. The amount of steam pro- 
duced by a waste-heat boiler can often be increased by 
preheating the feedwater, but if the feedwater is pre- 
heated above a temperature of about 150 fl C, it cannot be 
used to reduce the gas exit temperature leaving an econo- 
mizer to the lower limit of about 160 & C so that, in terms 
of efficiency, nothing would be gained, although the prob- 
lem of acid condensation would be largely avoided. 

Drain tanks of systems incorporating a turbogenerator 
with a vacuum condenser are at temperatures consider- 
ably lower than saturation, eliminating any possibility of 
deaeration in the tank. In these cycles, a deaerating feed 
heater may be justified. 

c. Multi-pressure boilers. The quantity of steam 
that can be produced from exhaust gas can be enhanced 


126 


MARINE ENGINEERING 


UPTAKE 



TO 

ENGINE 

Fig. 34 Waste-heat steam plant with turbine-generator, dual-pressure boiler, and heat recovery at air cooler 


if it is recognised that, while there is a need for steam 
at a sufficiently high pressure to ensure adequate fuel 
heating, other services can utilize steam generated at 
lower pressures. Figure 37 is a temperature diagram for 
a dual-pressure boiler fitted with a superheater, which is 
shown schematically in Fig. 34. In this example, feedwater 
is supplied to both steam drums directly from feed heat- 
ers, and is already at I50°C, With a careful selection of 
parameters and the use of charge air feed heating, a duai- 
pressure boiler might produce 20% to 30% more steam 
than a single-pressure boiler constrained to the higher 
pressure, for the same application, 

9.5 Heat Recovery at Charge Air Cookers. The temper- 
ature at which air enters the coolers of a turbocharged 
engine at high output may make it an attractive source 
for heat recovery. Most engines are designed for the air 


to be cooled to 45 to 50*G, although higher temperatures 
may be encountered in engines using output-dependent 
cooling systems, when operated at reduced output. Be- 
cause only a portion of the heat can be usefully recovered, 
a heat-recovery cooler is built with its eooling side divided 
into sections, with the final section in the direction of air 
flow reserved for engine cooling water. The heat-recoverv 
sections of the cooler are then arranged in series, with 
the highest-temperature section at the inlet. These sec- 
tions may be circulated with the fluid being heated (feed- 
water, for a feed heater) or with an intermediate fluid, 
which might be pressurized water or another fluid. 

9.6 Waste-Heat Turbogenerator ( WHTG) Cycles. The 
power level at which sufficient waste heat can be recov- 
ered to satisfy an electrical load is highly plant-specific, 
depending on exhaust-gas quantity and temperature, 
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Fig. 36 Temperature diagram for □ single-pressure boiler 



Fig. 37 Temperature diagram for a dual-pressure boiler 
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steam conditions, competing needs for heating steam, the 
actual configuration of the heat-recovery plant, and the 
efficiency of the turbogenerator, as well as on the ship's 
electrical requirements. Figure 38 illustrates the electrical 
load that can be supported by an unsupplemented WHTG 


for a particular range of low-speed engines with dual- 
pressure boilers, using heat recovery at the engine air 
cooler. In this example, the available turbogenerator out- 
put under the most favorable ambient conditions (sum- 
mer) matches the minimum average service load with a 
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main engine output of some 8000 bkW {point Ain Fig. 38). 
The power level at which the electrical load is completely 
covered under all reasonable conditions and with suffi- 
cient margin to meet normal peak load peaks is about 
17,000 bkW {point B in Fig. 38). These crossover points 
will be at considerably higher engine power levels with 
simpler cycles or higher electrical load, but can be lowered 
by further sophistication of the waste-heat cycle or by 
reducing the electrical load by increasing the use of power 
takeoff for auxiliaries. 

Schematic diagrams of WHTG plants appear as Figs, 
33 and 34. Guidance in the selection of steam and exhaust 
conditions and methods of assessing WHTG performance 
and the output of these plants is presented in reference 
3, 


9J Exhaust-Gas Turbin*** High-efficiency turbochar- 
gers are often able to supply sufficient combustion air 
without using all of the exhaust-gas flow. In these cases 
there is the potential for excess exhaust gas to be used in 
an exhaust-gas turbine that drives a mechanical load. 
Three of the many possible configurations are: 

* An exhaust-gas turbine-driven generator may be fit- 
ted, serving in parallel with other generators. 

* An exhaust-gas turbine may be geared to the engine 
output shaft, thereby forming, in effect, a combined cycle 
or turbo-compound arrangement; the power contributed 
by the turbine can be up to 5% of the total. 

* An integrated plant may be arranged in which the 
exhaust-gas turbine is connected at the power takeoff 
gear of an engine fitted with a shaft-driven generator. 


Section 10 
Support Systems 


10.1 Fuel Systems. The fuel system for a diesel en- 
gine must typically be capable of handling blended and 
other heavy fuels as well as distillate fuels. Fuel systems 
are discussed in detail in Chapter 12, and the coverage 
here is limited to principles that warrant emphasis. 

While clean distillate fuels are sometimes considered 
suitable for combustion in diesel engines without any 
treatment other than settling and filtering, it is neverthe- 
less advisable to centrifuge even distillate fuel. In normal 
operation fuel passes to the day tanks, from which the 
engine is supplied, only via the purifiers. At least two 
purifiers should be provided for continuous operation, ei- 
ther in series or in parallel. The rated capacity of each 
purifier should include sufficient margin above the main 
engine consumption at maximum continuous rating 


(MCR) to allow for maintenance. The performance of puri- 
fiers is inversely related to their volume of throughput; 
therefore, it is desirable to install purifiers with rated 
capacities that are larger than required. 

Heavy fuel must be heated dose to 100°C to facilitate 
purification, and this hot oil input to the day tank could 
force the day-tank bulk temperature to rise above the 
flash point. For this reason some installations are fitted 
with a cooler in the heavy fuel purifier discharge line. 

The fuel service system supplies fuel to the engine at 
the correct viscosity. To limit the cooling of heavy fuel 
between the heaters and the engine, and to ensure a con- 
stant pressure at the injection pumps, a flow 7 rate equal 
to two or three times engine consumption at MCR is main- 
tained. The unconsumed fuel is recirculated back to the 
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mixing tank. The functions of the mixing tank are to pre- 
vent overheating the day tank, to enable the changeover 
from hot heavy fuel to cold distillate fuel to occur gradu- 
ally, and to permit vaporised lighter fuel fractions to vent. 
In some plants there is no mixing tank and recirculated 
fuel returns directly to the day tank; however, this return 
of hot oil can lead to an objectionably high day-tank tem- 
perature. When the mixing tank ls at atmospheric pres- 
sure, it is supplied by gravity from the day tank, and its 
bottom is therefore lower than the bottom of the day tank, 
as shown in Fig. 39, while its top must be higher than the 
top of the day tank to permit the venting of light fractions. 
To facilitate a rapid changeover from one fuel to the other, 
the volume of the mixing tank must be kept small; conse- 
quently, the mixing tank is often configured as a pipe 
column. Because of the high temperatures to which the 
heaviest fuels must be heated and the increased amount of 
gas formation that w r ould occur at atmospheric pressures, 
some engine manufacturers recommend that the hot cir- 
cuit of the service system be designed as a closed and 
pressurized loop. This pressurization requires an addi- 
tional set of low-pressure booster pumps to feed the mix- 
ing tank from the day tank, but the mixing tank can then 
be more conveniently proportioned and located. Venting 
of gas, which forms in the pressurized loop, nrnst then be 
through a relief valve. 

At least two fuel-oil heaters should be provided, each 
with sufficient capacity to heat the heaviest fuel likely to 
be encountered, and each conservatively rated in regard 
to fouling margins. The steam supply to the heaters is 


controlled by the viscosimeter, which must be in close 
proximity to the injection pumps. 

All of the heavy fuel piping in the service system, possi- 
bly including the filters and pumps, may require steam 
{or electric) trace heating and insulation. 

10.2 Compressed-Air System*. A typical compressed- 
air system is shown in Fig. 40. The system can be divided 
into three segments that provide air for main and auxil- 
iary engine starting, air for instrumentation and control, 
and air for miscellaneous ship's services. 

Because the maneuverability of a ship is dependent on 
the availability of starting air, the minimum number and 
size of the starting air receivers must comply with regula- 
tory body requirements. Typically, sufficient air must be 
available to enable at least six consecutive starts of a 
non re versing engine, or twelve of a direct-reversing en- 
gine. This volume of air must be available without re- 
charging, and be stored in at least two receivers. The mam 
starting air receivers are normally high pressure, usually 
about 30 bars, in order to reduce the required size of the 
receivers. The main starting air receivers are normally 
charged by two air compressors. If normal ship's service 
air consumption is low, this air may be supplied from the 
main starting air receivers through a pressure-reducing 
valve. In this case an additional, lower-capacity, topping 
air compressor may be installed. If the ship's service us- 
age is expected to be large, provision of a separate low- 
pressure air compressor may be more appropriate. 

A separate, small auxiliary’ {or emergency) air receiver 
is usually provided for starting the auxiliary engines; it 
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Ftg. 40 Coinpr®»ed-air system 


is normally supplied from the main starting air system 
through a stop-check valve. For cold ship start-up, the 
auxiliary air receiver may be supplied by an emergency 
air compressor, which may be driven by hand, by a hand- 
started diesel engine, or by a motor supplied from the 
emergency switchboard. 

The control air system is most often supplied from an 
independent, oil-free control air compressor and a sepa- 
rate receiver, via a drier. Standby service may be through 
a cross-connection from the ship's service system, or 
through a reducing valve from the starting air system. 

Ix>cal instrumentation may include an air pressure gage# 
at each compressor discharge, at each receiver, and after 
each reducing valve; an oil pressure gage and an oil sump 
dipstick for each compressor; and thermometers for cool- 
ing water at water-cooled compressors. Starting air pres- 
sure and control air pressure are indicated at central, 
local, and remote engine control stations. Alarms are fit- 
ted for low starting air pressure and control air pressure. 


Except for the emergency compressor, compressors are 
usually arranged to start and stop automatically in re- 
sponse to receiver pressure. Starting air compressors are 
usually started in sequence as the receiver pressure falls. 
Where the starting load of large starting air compressors 
is a concern, they may be arranged to start automatically 
and then cycle on their discharge pressure unloaders. Au- 
tomatic drain traps are fitted at moisture separators and 
at receivers, 

10.3 Lubrication Systems. Motors hip lubric&ting-oil 
systems are complex because of the number of grades of 
oil required, A geared, medium-speed diesel plant may 
require different grades of oil for the main and auxiliary 
engines, and other grades for gearing and miscellaneous 
uses, A lubricating-oil system for a low-speed diesel plant 
involves at least two grades of oil for the main engine 
(one for the circulating system and the other for the cylin- 
ders) and a third for the auxiliary engines. 
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Fig, 41 Main engine lubricafing-oil systems 


a. Main engine lubricating-oil circulating sys- 
tem. A typical circulating oil system for a low-speed en- 
gine is illustrated by Fig, 41. Oil draining from bearings 
and cooling passages to the bottom of the crankcase pas- 
ses into an independent sump that is built into the double 
bottom below the engine, from which it is drawn by the 
lubricating-oil circulating pump for redistribution via a 
filter and a cooler. The suction bellmouths clear the bot- 
tom by about 100 mm to avoid ingesting water or sedi- 
ment. In smaller engines, the additional cost and complex- 
ity of an independent sump are often avoided in favor of 
a wet sump, as formed by the bottom of the crankcase. 
The sump must be so designed that the lubricating-oil 
pump suction will be maintained at the most extreme con- 
ditions of list, trim, and sloshing. 

For a wide range of low-speed engines and large medi- 
um-speed engines, independent sump tanks are designed 
to contain an amount of oil in the range of 0.5 to 1,5 kg/ 
bkW, at the highest rating of the engine. 

The lubricating-oil circulating pumps are most often 
positive-displacement rotary pumps, and in larger plants 


are fitted in duplicate; however, as an alternative to the 
positive-displacement pumps, deep-well centrifugal 
pumps have also been used. Both pumps are motor-driven 
in installations with low-speed diesels, but higher-speed 
engines are often fitted with one engine-driven pump, 
relying on a second motor-driven pump for standby ser- 
vice. With very large engines, three motor-driven pumps 
may be used to ease the starting load, with two running 
and one on standby. Each pump has a coarse suction 
strainer for its own protection. 

A full-flow filter is provided in the pump discharge line. 
It may be of the duplex, basket type, but better filtration 
is usually provided by a disposable-element or self -clean- 
ing simplex unit, with a standby filter in a bypass. Filtered 
oil is distributed to engine bearings, for governing and 
control service, to valve gear, and, on trunk-piston engines 
as well as some crosshead engines, for piston cooling. 
Some of these services may require higher-pressure oil, 
which can be obtained by fitting booster pumps in the 
line, or by providing a second, higher-pressure circulating 
system. Figure 42 illustrates a common arrangement for 
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Fig. 42 Oil-cooled piston with swinging pipes for crosshead engine 

crosshead engines with oil-cooled pistons, with swinging 
pipes to carry the oil. 

Usually lubricating oil is supplied to turbocharger bear- 
ings from the circulating-oil system, but some turbochar- 
gers are provided with their own, self-contained lubrl 
cating-oil system, which permits the use of differently 
formulated oil. In either case the turbochargers must be 
provided with an emergency supply of lubricating oil to 
provide lubrication as they continue to spin at high speed 
following a lubricating-oil failure. The system shown in 
Fig. 41 includes a gravity tank for this purpose. 

Pressure gages are fitted at pump suctions and dis- 
charges, and across filters and strainers. Thermometers 
are located before and after the coolers. A sounding tube 
or dipstick is provided for the main engine sump. Sight 
flow indicators may be fitted to gravity tank overflow 
lines. Arrangements are made for the automatic starting 
of the standby pump. Alarms are fitted for low pump 
discharge pressure, high oil temperature, and high 
strainer and filter differential pressure. The oil-mist con- 
centration in the crankcase is metered and alarmed, and 
centralized indication and alarms are provided for the oil 
supply pressure at the engine and for the outlet tempera- 
tures from the bearings as part of the engine control 
system {see Section 8). The oil pressure may also be indi- 
cated at local and remote engine control stations. 

In crosshead engines, the crankcase and the circulating 
oil are protected from contamination by combustion prod- 
ucts blown past the piston rings, by the piston rod packing 
and scraper rings, whereas this kind of contamination in 



trunk-piston engines is almost inevitable. Consequently, 
while a straight mineral oil with corrosion and oxidation 
inhibitors is usually recommended for the circulating oil 
of most crosshead engines regardless of the fuel in use, 
for trunk-p&ton engines the usual recommendation is for 
a detergent oil with alkaline additives {measured as total 
base number or TEN) matched to the likely sulfur content 
of the fuel to be burned. For the same reason, while the 
circulating oil in a crosshead engine rarely requires re- 
placement in the normal course of events, with trunk- 
piston engines, in most cases, the lubricating oil must 
be renewed periodically. The life of trunk-piston engine 
lubricating oil, which is routinely extended by the regular 
addition of fresh makeup oil to compensate for oil burned 
in cylinder lubrication, can be further extended by taking 
such extra measures as the fitting of additional, extra- 
fine filtration loops and, if necessary, the occasional addl 
tion of chemical additives to the oil 

b, Main engine cylinder-oil system. Crosshead en- 
gines, and some trunk-piston engines, are fitted with inde- 
pendent cylinder-oil systems, for the lubrication of the 
piston rings. A typical system is shown in Fig. 41. The 
cylinder oil is stored in one or, preferably, two tanks and 
is transferred daily to a small-capacity measuring tank 
from which it passes by gravity to the cylinder lubricators 
on the engine. A separate tank, sized to meet the running- 
in requirements of one or two cylinders, may also be pro- 
vided. The lubricators are mechanically driven by the en- 
gine to inject a metered quantity of oil into the cylinder 
as the piston ring pack passes the injection points. Figure 
43 show’s an arrangement with two rows of injection ports 
and distribution grooves. Most of the oil is burned. Be- 
cause the quantities of oil injected per stroke are small, 
the measuring tank enables the total consumption to be 
determined accurately as a drop in level over an elapsed 
time period. 

Cylinder oil is a high-viscosity mineral oil with a TEN 
that is matched to the anticipated sulfur content of the 
fuel. Two cylinder-oil storage tanks provide flexibility in 
this regard by enabling cylinder oils of differing TEN to 
be carried. Cvlinder-oil storage tanks are often filled from 
the deck by gravity, in an arrangement that may preclude 
filling the measuring tank from the storage tanks by grav- 
ity as well, thus necessitating a small hand- or motor- 
driven transfer pump. 
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Cylinder-oil tanks are fitted with local level indicators, 
and the measuring tank is fitted with a low-level alarm. 
Sight flow indicators and flow failure alarms are fitted in 
the discharge lines of the cylinder lubricators as part of 
the engine monitoring system. 

In most trunk-piston engines, cylinder lubrication is ac- 
complished with circulating oil, which usually reaches the 
ring pack and cylinder liner walls by a controlled leakage 
from the wrist-pin bearing. In some trunk-piston engines, 
oil is injected for cylinder lubrication in the same manner 
as cylinder oil in low-speed engines, in most cases using oil 
taken from the circulating system, although some trunk- 
piston engines have independent cylinder-oil supplies. 

c, Lubricating-oil storage, transfer, and purifica- 
tion system. Smaller high-speed engines may rely solely 
on filtration and occasional oil changes to maintain the 
quality of the circulating oil, but most larger engines are 
arranged for continuous bypass purification using centrif- 
ugal purifiers, as shown in Fig. 44. Two purifiers are 
shown, but one is a standby unit. In multiple-engine instal- 
lations, individual purifiers may be installed for each en- 
gine. Normally, the purifier draws from a bellmoulh at 
the aft end of the sump, returning the oil to the forward 
end of the sump to avoid short-circuiting. The purifier 
suction is generally located aft of the circulating pump 
suction, and lower, about 50 mm above the tank bottom, 
to remove water before it reaches the circulating pump 
suctions. The suction line velocity must be sufficient to 
carry water and sediment to the purifier. Sometimes a 
hand pump is fitted to the drain tank or sump to facilitate 
the removal of water that has settled during extended idle 
periods. 

The main lubricating-oil storage tank, with a capacity 
at least equal to one charge for each engine it serves, plus 
sufficient margin to meet miscellaneous needs, is filled 
from the deck by gravity, while the settling tank is nor- 
mally empty. Should an engine's circulating oil he mas- 
sively contaminated, for example by water, it can be trans- 
ferred to the settling tank by the transfer pump, and fresh 
oil can be transferred from the storage tank. If the oil 
cannot then be salvaged by a combination of settling and 
purification, it can be discharged ashore or to a barge for 
reclamation. 

Lubricating-oil purifiers, with their attached pumps, 
must be located low in the ship to minimize the suction lift 
required from the main engine sump. As an alternative, a 
motor-driven purifier feed pump may be arranged near 
the sump, enabling the lubricating-oil purifiers to be lo- 
cated on an upper flat, often adjacent to the fuel-oil purifi- 
ers. In most installations, the oil leaves the purifiers under 
sufficient head to reach the settling tank, but where this 
is not the case, a pump must be installed at the purifier 
discharge. Each purifier is normally sized to circulate the 
main engine drain tank three to five times per day. 

Purifiers are usually fully automatic in their operation, 
once started, and are programed to shut down and alarm 
when malfunctions, such as water at the oil outlet, oil at 
the water outlet, or excessive vibration, are sensed. Self- 
cleaning units cycle through sludge-ejection sequences 
automatically at preset intervals. Local pressure gages 


are fitted at the purifier inlet and discharge, and at the 
suction and discharge of independently driven feed and 
discharge pumps. Heaters are fitted with thermometers 
and thermostatic control. 

Purifier connections can be provided for batch purifica- 
tion of auxiliary engine lubricating oil but are unlikely to 
be used, given the relatively small quantities involved, the 
fact that the alkaline-additive, detergent oil will require 
renewal at intervals in any event, and the risk potential 
for contamination of the main engine oil. When auxiliary 
engines of substantial size are involved, however, installa- 
tion of a separate purifier may be justified. The fixed 
piping shown in Fig, 44 for filling and draining the auxil- 
iary engine sumps may not be provided for smaller instal- 
lations. 

An analogous problem exists in medium-speed diesel 
plants, where the reduction gear contains a straight min- 
eral oil that is subject to water contamination from con- 
densation within the gear case, but which would otherwise 
last indefinitely. Again, because of the danger of contami- 
nation (in this case contamination of the gear oil by the 
alkaline main engine oil) even where purifier connections 
are fitted, they are unlikely to be used. Some operators fit 
water-absorbing (coalescing) filters in the gear lubrication 
system; others rely on occasional batch purification using 
a portable purifier or filter. 

10.4 Freshwater Cooling Systems. Figure 45 illus- 
trates a typical freshwater cooling system for a plant with 
a crosshead engine having water-cooled pistons and three 
diesel generators. The cooling system shown can be di- 
vided into separate subsystems for cooling the main en- 
gine cylinder jackets, the main engine pistons, the main 
engine injectors, and the generator engines. 

Fresh water is often used to cool equipment that was 
formerly cooled exclusively by seawater. In some appliea* 
tions a freshwater cooling system is used in which fresh 
water is circulated from a seawater-cooled centra! heat 
exchanger to the main engine and auxiliary machinery 
coolers. The central system may be divided into separate 
high- and low-temperature subsystems. The benefit of a 
central freshwater cooling system is in reduced mainte- 
nance, since only the central cooler is exposed to seawater. 
The added acquisition cost of a central cooling system 
may be partly offset by the reduced use of corrosion- 
resistant materials. 

Local instrumentation in each system includes pressure 
gages at pump suctions and discharges, thermometers 
before and after heat exchangers, and gage glasses at 
expansion and drain tanks. Temperature control is usually 
achieved automatically by three-way thermostatic valves 
permitting some flow to bypass the cooler. Duplicate 
pumps are arranged for automatic starting of the standby 
pump. Alarms are fitted in each system for low pump 
discharge pressure, high (and sometimes low) tempera- 
ture, and low levels in tanks. Additional alarms and re- 
mote instrumentation are fitted as part of the engine mon- 
itoring system. 

a. Jacket water cooling system. The freshwater 
jacket cooling system shown in Fig, 45 is independent of 
the lubricating-oil cooler and charge air cooler, which are, 
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Fig. 44 Lubricating -oil storage and treatment system 


in this case, directly cooled by seawater. In other arrange- 
ments the jacket water may be the coolant for the lubri- 
cating-oil cooler and charge air cooler. 

An elevated expansion tank maintains a static head on 
the suction side of the system, and provides a convenient 
point for collecting vents and adding make-up feed. Chem- 
icals for corrosion protection and scale inhibition must be 
added to the water and, if there is sufficient circulation 
through the tank, they may be added at the expansion 
tank. Alternatively, the chemicals may be injected into thq, 
system under pressure. 

The turbocharger supply and return lines are shown in 
Fig. 45 f since even turbochargers with uncooled casings 
(see Section 7.7) usually require cooling water for the 
turbine-end bearing. 

The jacket water circulating pumps are usually centrif- 
ugal pumps, and in larger plants are fitted in duplicate. 


Both pumps are motor-driven in low-speed diesel installa- 
tions, but medium- and high-speed engines are often fitted 
with one engine-driven pump and one motor-driven pump 
for standby service. The pumps may precede or follow the 
cooler and evaporator. 

Most seagoing motorships recover heat from the main 
engine jacket water to produce fresh water. The evapora- 
tor is located ahead of the jacket cooler, and may be fitted 
with a supplemental supply of steam or hot water heating 
coils for use when insufficient jacket water heat is 
available. 

A jacket water heater may be fitted for use when the 
engine is idle. Maintaining the engine in a warm condition 
assists in minimizing corrosion and facilitates starting. 

b. Piston cooling water system. While all trunk-pis- 
ton engines, as well as some crosshead engines, use oil to 
coo! the pistons, a number of crosshead engines use a 
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Fig. 45 Freshwater cooling (ysfem 


cooling water system separate from the jacket water sys- 
tem. The water reaches and leaves the pistons through 
telescoping tubes enclosed within compartments inside 
the crankcase, in order to avoid contamination of the lubri- 
cating oil should a gland fail. 

Because of the high temperature of the water draining 
from the pistons, and the resulting potential for flashing 
at the pump suction, some manufacturers recommend the 
use of deep- we 11 pumps immersed in the tank. Two motor- 
driven pumps are generally provided* 
c. Injector cooling system. Some engines, but not 
all, are fitted with fuel-injector cooling systems. In some 
cases injectors are cooled only through conduction to the 
heads, in other cases they are circulated with water as 
part of the jacket cooling system, and in still others they 
are circulated with diesel oil in a closed loop. When a 
separate injector water circuit is fitted, it is a scaled-down 
version of the jacket cooling system, often without a 
cooler, and with a steam coil in the expansion tank to 
maintain a sufficiently high temperature at low engine 
output when a heavy fuel is used. 

d* Diesel generator cooling system. Auxiliary en- 
gines generally have self-contained cooling circuits, with 
the charge air cooler, cylinder jackets, and lubricating-oil 
cooler circulated by a single cooling pump on each engine. 


The SSDG system shown in Fig. 45 combines these cir- 
cuits into a common system with a central generator en- 
gine cooler and expansion tank, and has a motor-driven 
pump for each engine. This arrangement allows circula- 
tion of idle generator engines with warm cooling water 
as protection against corrosion, and enables the standby 
engine to start and pick up load more rapidly. Of course, 
there are other means of accomplishing these objectives. 
For reasons of reliability, and to facilitate maintenance 
and diagnosis, many operators prefer that the auxiliary 
engines have separate cooling systems. 

I0.5 Seawater Systems. Seawater systems include 
cooling services in the engine room and such ship-service 
systems as ballast and fire main, as illustrated by Fig. 46. 
Water enters the system through high and low sea chests 
on opposite sides of the ship. Each sea chest is fitted with 
sea valves, vents, valves for steam or air blow-out, and 
gratings mounted flush with the hull, On tankers the high 
sea suction should be on the opposite side of the ship from 
the pump room ballast discharge, since both are likely to 
be used in port. Where operation in freezing water is 
frequent, the sea chests may be fitted with piped connec- 
tions to introduce hot water from the overboard discharge 
or from separate steam heaters* or for direct steam injec- 
tion. The low sea suction is used at sea where it is more 
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likely to remain immersed as the ship rolls and pitches. 
The sea chests are connected by a large-diameter cross 
connection. Suction strainers are installed adjacent to 
each of the sea chests. Seawater pumps take suction from 
the cross connection. 

The main seawater cooling system will normally include 
two full-size pumps. Pumps in seawater service tend to 
be high-maintenance items and pumps of similar capacity 
should be identical, simplifying spare parts requirements 
in service. In the system of Fig. 46, the required ballast 
pump capacity was sufficiently close to that of the main 
engine cooling pump to enable three identical pumps to 
be fitted, with one ballast pump designated as standby 
for the main engine cooling pump. On tankers, the main 
seawater cooling system may also serve a condenser for 
the cargo and ballast pump turbines, or a separate circu- 
lating system may be fitted. 

The heated seawater leaving most of the auxiliaries is 
usually combined with seawater leaving the main engine 


coolers, upstream of a thermostatically controlled three- 
way recirculating valve, which can return some of the 
heated water to the suction cross connection, and dis- 
charge the rest overboard. This recirculation enables the 
seawater used for cooling to be maintained above 20 & C, 
even under very cold ambient conditions. For the system 
to operate in port with the main engine secured, the ther- 
mostat must sense the seawater temperature in the auxil- 
iary cooling system. 

Local instrumentation includes pressure gages at pump 
suctions and discharges, and thermometers before and 
after each cooler. Duplicate pumps are arranged for auto- 
matic starting of the standby pump. Alarms are fitted for 
low pump discharge pressure. 

In some ships, connections are provided to ballast tanks 
to permit closed-circuit cooling sufficient for in-port use, 
in order to minimize the use of fouled or silted harbor 
water. In cold-water trades, similar connections to the 
forward peak tank may be used at sea, for main and 
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Fig. 46 Seawater system 


DIESEL ENGINES 


137 


auxiliary cooling. Connections to the aft peak tank may 
be provided from the auxiliary cooling water system to 
enable limited cooling services to be maintained while in 
dry dock, but, in any case, hose connections are provided 
in the piping to allow use of water from shore. 

Cooling water for refrigeration machinery, often on a 
higher flat in the engine room, and for the inert gas sys- 
tem, may be supplied from separate pumps to avoid impos- 
ing the higher discharge head requirement on the rest of 
the system. Separate pumps are often fitted for evapo- 
rators. 


A set of cross-connections between the various seawa- 
ter pumps is fitted to allow continuous operation under 
emergency conditions. 

Corrosion is troublesome in seawater systems. There- 
fore, piping is normally of copper-nickel, or of steel that 
is internally coated with an inert material such as polyeth- 
ylene. Galvanized piping is unlikely to last long enough to 
be cost-effective. 

Marine growth is also troublesome in seawater sys- 
tems, Systems often are fitted with connections for the 
continuous injection of chemical poisons. 


Section 11 

Installation, Operation, and Maintenance Practices 


1 LI Machinery Arrangement. The governing consid- 
eration in a machinery arrangement should not be simply 
to minimize engine room volume or length, but to do so 
while also achieving a rational layout of main and auxil- 
iary machinery, one that is well suited to preoutfitting and 
modular construction, while providing the best possible 
access for operation, maintenance, repair, and removals. 

If the machinery is fully aft in the hull, the aftermost 
location for direct-connected or geared diesels driving 
fixed-pitch propellers is usually determined by the need 
to draw the tailshaft inboard in a straight line, clearing 
the engine or bull gear flange at the forward end and the 
stern tube forward seal at its after end. The engine can 
be positioned close to the after bulkhead if there is a shaft 
alley, or if the tailshaft is drawn outboard. With geared 
engines In a narrow hull, the width of the gearing may 
govern how far aft the gearing can be placed. The location 
of the forward bulkhead with respect to the engine must 
allow for athwartships access for piping and personnel 
and, in single-screw ships with a pipe tunnel, for the access 
hatch and trunk on or adjacent to the centerline. 

Most engine manufacturers permit an engine inclina- 
tion of up to 5 deg, and when the propeller centerline is 
low, the shaft line and engine may be inclined to permit a 
double bottom of adequate depth beneath the engine. 
More often, the shaft line is horizontal and, with low- 
speed, direct-connected engines, the double-bottom depth 
in the engine room can be raised to suit. 

The control room should be located with good access 
from the accommodations, yet close to those auxiliaries 
that are most essential or that may require attention most 
frequently. Almost invariably, these considerations lead 
to a location on an intermediate or upper flat. On many 
ships with low-speed engines, with little space available 
forward or aft of the engine, the control room is on the 
port side, in proximity to the camshaft and engine con- 
trols. 

Auxiliaries and tanks are best arranged in groups by 
function, to simplify piping runs and facilitate operation 
and maintenance. Locations may be dictated by proximity 


to piping connections on related equipment, by pump suc- 
tion or discharge conditions, by gravity runs, by static 
head, or by the need for a sea suction. 

Large tanks and heavy machinery placed high in the 
ship may decrease stability. Built-in tanks are coordinated 
with ship's structure, spanning whole frame spaces, and 
tanks at the ship's side may incorporate the side shell and 
structure. Heavy-fuel settling and service tanks should 
be kept dear of the side shell and other weather-exposed 
surfaces, because of the disruptive thermal currents that 
might otherwise result. Tanks must be sufficiently clear 
of the overhead structure to enable piping to be ran and 
to permit access. The engine room double bottom may be 
used for waste oil tanks, distillate fuel storage, reserve 
feed tanks, the bilge holding tank, and the main engine 
sump with its surrounding cofferdams. Small drain tanks, 
such as those for the main engine, should not be double- 
bottom tanks but may be placed in the bilge if a low 
location is needed. The purifier sludge tank is usually 
immediately below the purifiers, either as part of their 
foundation or hung below the deck supporting the puri- 
fiers. 

With the main machinery fully aft, the ship's service 
diesel generators are often placed aft of the main engine, 
on an intermediate or upper flat where the hull is suffi- 
ciently wide. The space available on these flats can often 
be increased by stepping the after bulkhead of the machin- 
ery space farther aft into the transom. With machinery 
amidships, the generators tend to be placed outboard of 
the engine. A common practice is to separate the ship's 
service diesel generators from the rest of the machinery 
space by a bulkhead or an acoustic partition. 

In some cases, machinery of like type but serving differ- 
ent functions might best be placed together to simplify 
maintenance. A case in point concerns purifiers. Suction 
lift requirements would locate the lubricating-oil purifiers 
on the floor plates; however, a common practice is to 
group all of the purifiers in one space, often on an upper 
Sat. In this arrangement, separate feed pumps must con- 
sequently be provided at the floor plate level to draw from 
the sump. 
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Workshops and storerooms are located in relation to 
access routes for personnel and heavy components. The 
storeroom should be adjacent to the workshop. Consider- 
ation should be given to air-conditioning workshops and 
storerooms. 

1 1 <2 Access end Overhauling Gear. During the life of 
a ship almost every component on board will likely need to 
be repaired or replaced. Adequate lifting gear, designated 
landing and storage areas, and sufficient room for access 
must be allotted in the early design stages, an effort which 
will be repaid by ease of repair or replacement in service. 

Sufficient height must be provided over the main and 
auxiliary engines to remove the pistons* Main engines that 
are tall relative to the depth of the hull may require a 
trunk above the main deck level Intermediate flats must 
be positioned with sufficient headroom for the disassem- 
bly of machinery, and be properly integrated with ship's 
structure. 

Normally an overhead gantry crane is installed over the 
main engine for main engine maintenance. By extending 
the longitudinal and transverse runs of the crane, and by 
providing sufficient wire to allow the hook to reach down 
to the floor plates, the crane can be useful for other pur- 
poses as well A second carriage on the crane facilitates 
maintenance by permitting simultaneous lifts. The lifting 
capacity of the crane must be matched to the heaviest 
assembly for which it might be used. 

Trolleys, lifting beams, or pad eyes should be located 
over the diesel generators, the purifiers, and other large 
auxiliaries, to facilitate their maintenance. Pad eyes 
should be placed over each piece of equipment that cannot 
easily be moved by hand. Heat exchanger tube bundle 
removal normally requires multiple pad eyes, as well as 
space to perform this operation without removing any 
other equipment or structure. Deck plating in designated 
landing areas must be suitably reinforced. 

At least one of the ship’s stores cranes should be ar- 
ranged to allow the direct transfer of parts and stores to 
the storeroom level of the engine room, often through a 
hatch on deck and a vertical trunk; A trolley in the engine 
room can be provided to transfer these parts and stores 
to the engineer’s storeroom, or the main engine gantry 
crane may serve this purpose* To allow flexibility of use, 
sufficient wire should be installed on the drum of the 
provision crane to allow the hook to reach the lowest 
engine room flat that it plumbs* 

11,3 Foundation*, A propulsion engine is normally 
seated on the upper flanges of a rigid box girder that is 
formed as an integral part of the double-bottom structure. 
Figures 47 and 48 show typical examples of engine foun- 
dations, viewed in transverse section* The seating flanges 
for low-speed engines are usually insert plates in the tank 
top; flanges for medium- and high-speed engines are usu> 
ally elevated above the tank top. 

The engine foundation must be sufficiently stiff to ab- 
sorb forces and moments generated by the engine and 
connected components, while resisting the transfer of 
bending moments from the hull to the engine. Low-speed 
direct-connected engines transmit propeller thrust 
through the foundation, using fitted bolts, brackets, or 
end stops in way of the thrust bearing* Foundations for 


geared medium- and high-speed engines are usually inte- 
gral with the foundations of the gearing and propeller 
thrust bearing. 

Hold-down bolts must be through-bolts, either headed 
bolts inserted upward through the seating flange, or 
studs secured by nuts at both ends. To avoid imposing a 
bending load on the bolts, the seating surface for the bolt 
head or lower nut to the underside of the seating flange 
is machined and, in some cases, the bolt is seated upward 
against the flange using spherical nuts and washers; 
welding of the head or nut to the flange is not a recom- 
mended practice. Fitted bolts are used to secure the aft 
end of the engine, but other bolts have clearances to ac- 
commodate thermal expansion* 

When an engine is rigidly mounted, rather than resil- 
iency mounted, a series of cast-iron or steel foundation 
chocks is used to provide solid contact between the base 
of the engine and the top of the ship foundation. The 
chocks are individually machined to precisely fit each loca- 
tion after the engine is aligned* Either the engine or foun- 
dation seating flanges are tapered or sloped slightly to- 
wards their outer edges to facilitate the installation of the 
chocks. Each chock spans at least two hold-down bolts in 
order to positively secure it. 

Solid chocks may also be formed of an epoxy resin, 
which is poured in place after the engine is aligned on 
temporary supports. Epoxy chocking materials are care- 
fully selected, based on negligible shrinkage, limited 
creep, compatibility of thermal expansion with steel and 
cast iron, and resistance to oil* With epoxy chocking, the 
permissible preload in the hold-down bolts is limited, and 
positive locking devices on the bolts may be required. 

A number of side stops are welded to the seating flange 
of the foundation, along each side of the engine, but clear 
of the engine to permit the insertion of tapered keys. 
When the engine has been aligned, the keys are tack- 
welded in place. 

11*4 Resilient Mounting* Most engines are rigidly 
mounted to the seating flange through solid chocks, al- 
though a common practice for medium- and high-speed 
engines is to mount them resiliency, through a vibration- 
absorbing material Resilient mounting is used to reduce 
the structureborne vibration that an engine would trans- 
mit to the hull, but it is feasible only where the engine 
itself is sufficiently rigid in bending and torsion* Low- 
speed diesel engines usually require solid foundations* 

For generating sets, the engine and generator are usu- 
ally aligned on a common, rigid bedplate, which is usually 
a stiff, steel structure. The bedplate is then mounted to 
the hull through an intermediate flexible element. When 
a resilientty mounted engine is connected to drive rigidly 
mounted gearing or a generator, the mounts are usually 
connected directly to the engine seating flange. A flexible 
mount may consist of upper and lower steel or cast-iron 
plates that are separated by a resilient element. The upper 
plate is bolted to the bedplate or engine, and the lower 
one to the foundation. Rubber elements may be simple 
rectangular blocks or more complex shapes, and are 
loaded principally in compression* Extreme motions, such 
as those caused by ship motions, are limited in all direc- 
tions by solid stops, which may be integral with the 
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Fig* 47 Typical lew speed engine foundation. The 
space between the engine bedplate and the 
insert plates is reserved far chocks 


Fig. 48 Typical medium-speed engine foundation 



mounts or separate. Alternatively, the resilient mounting 
may be in the form of a distributed isolation material 
(DIM), of which there are several types. In principle, DIM 
is an elastomer that is produced in sheets of various thick- 
nesses, and is cut to fit the contact area between the 


engine and foundation with a pressure loading that is 
within prescribed limits* 

Connections made to resiliency mounted engines from 
rigid piping and control systems must be through flexible 
pipe couplings or other provisions for flexibility that are 
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capable of accepting the full range of engine motions 
without imposing intolerable loads. For engines connected 
to rigidly mounted gearing or generators, a coupling of 
similar flexibility is necessary. 

Resonance is potentially troublesome with resilient 
mounts because the natural frequency of the mounting 
system, which is relatively low, may coincide with the 
lower orders of engine-produced vibrations. With genera- 
tor sets running at constant speed and, therefore, with 
easily predicted vibration frequencies, the mounting sys- 
tem can be designed with its frequency below these val- 
ues. With variable-speed propulsion engines, resonance 
can be more difficult to avoid, and may restrict the type 
of resilient mounting selected. 

As described in Section 6 of this chapter, low-order en- 
gine-produced vibrations that may induce resonance in 
resilient mounts include all of the first- and second-order 
forces and couples, torque variations, fractional-order 
torque-reaction couples, and axial pulsation of the crank- 
shaft. 

I 1 .5 Engine Alignment. The objective in an engine 
alignment procedure is to ensure that when the engine is 
in service and under load, its crankshaft axis is straight, 
uniformly supported by the bearings, and properly posi- 
tioned longitudinally. The methods by which this objective 
is achieved vary not only between shipyards, but even 
from ship to ship, depending on the ship configuration and 
production schedules. The procedures described below are 
only typical 

Preferably, the final alignment of an engine should be 
made after its connected load has been aligned and se- 
cured, with the ship afloat in its normal load condition, 
and with the surrounding hull and foundation at service 
temperatures, but this set of conditions is usually not 
feasible. Production schedules may call for the engine 
alignment at an early stage, with calculations or measure- 
ments derived from sister ships to allow for deviations 
from service conditions and for deviations resulting from 
further welding and assembly of both the ship and the 
engine. Because of the uncertainties inherent in this pro- 
cedure, a final alignment confirmation, after the engine 
is in a completed condition, is recommended practice. Ana- 
lytical corrections for thermal expansion of the founda- 
tion, which is usually caused by the lubricating-oil sump, 
are straightforward, and therefore a cold alignment, with 
allowance made for the anticipated effects of reaching 
operating temperature, entails little risk. 

a. Direct-connected propulsion engines* For di- 
rect-connected propulsion engines, especially those with 
short and therefore more nearly rigid shaft lines, the en- 
gine alignment should be based on a straight line, tangent 
to the forward end of the faired shaft-alignment curve. 
Figure 49, which has an exaggerated vertical deflection 
scale, shovrs the desired result, in the cold condition* 

When the engine is erected in the ship, the base of 
the engine is placed on the foundation in its approximate 
position in the ship. An initial reference line is established 
using optical or laser sighting, or a taut wire, perhaps 
through the center of the stern-tube boss to its projection 
on the forward engine room bulkhead. The engine base is 



then shifted until it is in the correct position longitudinally 
and athwartships, and temporary side- and end-stops are 
tack-w'elded in place. Jack screws are then used to adjust 
the position of the engine base vertically until the bearing 
centers are displaced vertically from the reference line in 
accordance with the alignment calculations, until it is flat 
and parallel to the bearing centerline, and until it other- 
wise reproduces shop test conditions. 

When the engine is installed fully assembled, or in sub- 
assemblies with the crankshaft in place, the initial refer- 
ence line may be established by optical or laser sighting 
from the stern-tube boss to the engine flange; the position 
of the engine is adjusted until the centerline of the crank- 
shaft is coincident with the reference line for its entire 
length. 

Final alignment confirmation checks are preferably 
postponed until the engine is fully assembled, the stern 
tube is bored, the tailshaft and propeller are in place, the 
line shafting is in place with line shaft bearings temporar- 
ily positioned, and the ship is afloat and essentially com- 
plete with regard to major welding and weight changes* 
The shafting is aligned first, usually by use of calculated 
drop and gap measurements at each coupling, bringing 
the forward-most shaft flange into position on a tempo- 
rary support, or on its own bearing temporarily posi- 
tioned, and all couplings aft of the engine coupling are 
made up. The internal alignment of the engine is verified; 
with adequate lubrication of the bearings assured, by tem- 
porary measures if necessary, crankshaft deflections (see 
11.7) are taken and proven to be within the engine manu- 
facturer's tolerances. The position of the engine is then 
adjusted longitudinally, transversely, and vertically, until, 
with the crankshaft pressed forward to bear on the ahead 
thrust bearing, measurements between the engine flange 
and shaft flange show' the drop, gap, and transverse devia- 
tions to be whthin calculated tolerances. The line shaft 
bearings are positioned and secured, permanent engine 
side and end-stops are welded in place and their w'edges 
or shims fitted, and the engine-to-shaft coupling is made 
up. The shafting alignment is then checked, either by 
jacking or by strain gage measurements (see Chapter 10), 
and adjustments are made as required. At this point, after 
a final check of shaft and engine alignment, hold-down 
bolt holes are bored and the bolts are fitted, chocks are 
fitted or poured, the bolts are torqued, and side- and end- 
stop wedges are tack-welded in place. 

b* Engines driving gears or generators* The align- 
ment of assembled medium- and high-speed propulsion 
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engines to gears or generators already in position is rela- 
tively straightforward. The alignment is preferably con- 
ducted with the ship afloat. If the engine foundation can- 
not be heated to its operating temperature, calculated 
corrections may be required for the deviation, which may 
have components athwartships as well as vertically. The 
engine, usually stripped of cantilevered shaft-mounted 
equipment such as flywheels and couplings that would 
distort the shaft, is approximately positioned on its jack 
screws* In multiple-engine installations, all engines 
should be so placed before alignment in order to avoid 
such effects of hull distortion as their installation might 
introduce. The engine position is adjusted longitudinally, 
transversely, and vertically until measurements between 
the crankshaft flange and pinion show drop, axial, and 
transverse deviations within tolerances, when the crank- 
shaft and pinion are in their specified axial positions* The 
engine side- and end-stops are then welded in place and 
their wedges or shims are fitted. With the flywheel re- 
stored and the coupling installed and made up, the align- 
ment is checked and adjusted, if necessary* With adequate 
lubrication of the bearings assured, by temporary mea- 
sures if necessary, crankshaft deflections (see 11.7) are 
taken and proven to be within the engine manufacturer’s 
tolerances. At this point, after a final alignment confirma- 
tion, hold-down bolt holes are bored and the bolts are 
fitted and lightly torqued, the chocks are fitted or poured, 
the bolts are torqued, and the side- and end-stop wedges 
are tack-w'elded in place* 

1LG Engine Operation, The procedures described 
here are general and abbreviated, and are intended to 
provide background information only. 

a* Starting* Before starting an engine that has been 
shut down for an extended period, or which has been 
overhauled, it is thoroughly inspected. If the crankcase 
has been opened or entered, it must be inspected for over- 
looked tools or debris. Fluid levels and fluid quality are 
verified. Cheeks are made that gage valves are open, that 
sensors are connected, and that standby systems are lined 
up. Safety devices, interlocks, and alarms are tested. 

On large engines, the lubricating oil and coolants are 
circulated and heated to approximately the normal run- 
ning temperature. Seawater pumps are started* Where 
fitted, pre-lubrication pumps are operated until all bear- 
ings receive oil. Cylinder lubricators are operated manu- 
ally until all cylinders receive oil. 

Drains in air and exhaust manifolds, and the indicator 
cock on each cylinder, are opened. After a check to see 
that all hands are clear, the engine is rotated through 
several revolutions with the turning gear to confirm free- 
dom from interference, to help establish oil films at bear- 
ings, and to ensure that cylinders and manifolds are free 
of water. If the engine is direct-connected, permission to 
rotate the engine must be obtained from the bridge* 

For engines that are started on heavy fuel, a booster 
pump is started with the recirculating line open. Steam is 
lined up to heaters, to steam-traced fuel lines and, where 
appropriate, to the injector cooling circuit. The fuel is 
recirculated until hot fuel is present at the injectors, or as 
close to the injectors as the system permits. 



Fig. 50 Reversing performance of □ 65,000 etovt tanker 


On air-started engines the starting air receivers are 
charged and drained. 

Before starting propulsion engines that are directly 
connected to the propeller, permission must again be ob- 
tained from the bridge. With fixed-pitch propeller ar- 
rangements, the engine speed must be limited to avoid 
excessive strain on mooring lines and bollards. 

On reversing engines, the camshaft and starting air 
distributor are set in the desired direction. The fuel rack is 
set to a starting position, usually about 25% of maximum. 
Starting air is lined up to the starting valve. When the 
starting valve is opened, the engine will crank through 
one or two revolutions before firing* As the engine accel- 
erates, the fuel rack is repositioned to the idle-speed 
setting. 

On engines that are fitted with attached pumps but are 
started with independent mo tor- driven pumps in use, the 
motor-driven pumps can be stopped once the maneuvering 
period has ended* 

b. Maneuvering, Propulsion engine control is dis- 
cussed in Section S. 

Engines that directly drive fixed-pitch propellers with- 
out reduction gearing are necessarily reversing engines. 
Figure 50 shows the reversing performance of a tanker 
that is so propelled. The first step in reversing is to inter- 
rupt the flow of fuel to the engine by moving the fuel 
racks to a zero position* The ship begins a gradual de- 
crease in . speed, but the engine rpm abruptly drops until 
the propeller takes charge of the engine and causes it to 
continue rotating in the ahead direction at about 10% to 
15% of the initial rpm. As the ship speed decreases, the 
hydrodynamic torque developed by the propeller de- 
creases until the reversing speed is reached. The re- 
versing speed is the speed at which the torque that can 
be developed by admitting starting air to the engine in 
the reverse direction is sufficient to stop the engine (and 
propeller) and reverse it. Once initiated, the reversing 
process is accomplished rapidly, as can be seen in Fig* 50. 
In an emergency, starting air can be admitted to the en- 
gine in the reverse direction sooner, before the engine 
can actually take charge of the propeller, as a means of 
braking the ship and decreasing the time required to reach 
the reversing speed. 
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In fixed-pitch propeller installations where reversing 
engines are clutched to the propeller shaft, normal maneu- 
vering may be as described above, with the clutches en- 
gaged throughout. Alternatively, if a shaft brake of auffh 
cient capacity to stop the shaft is fitted, a stop may be 
achieved by slowing the shaft with the engines engaged, 
then declutching the engines as the shaft brake is en- 
gaged to hold the propeller shaft stationary. To reverse 
propeller rotation, the engines must be stopped, the cam- 
shafts and starting air distributors shifted, the engines 
started again in the reverse direction, the shaft brake 
released, and the dutches reengaged. 

Where a nonreversing engine drives a fixed-pitch pro- 
peller through reverse gearing, a shaft brake must be 
fitted. Reversing is achieved by reducing the engine speed 
setting to its minimum, declutching the ahead gear train, 
applying the shaft brake to stop the shaft, engaging the 
clutch on the astern gear train, and then raising the engine 
speed to the desired setting. In this arrangement the 
clutch movements and shaft brake application would nor- 
mally be programed to operate in sequence, with appro- 
priate time intervals, from a single lever. 

The minimum engine speed is typically 25% to 40% of 
rated rpm and, unless a slip clutch is included in the drive 
train, or electric drive is used, this minimum rpm deter- 
mines the minimum shaft speed. To maintain extremely 
low ship speeds, most ships with fixed-pitch propellers 
require that the engines be stopped and started repeatedly 
or, where clutches are fitted, that, they be clutched in 
and out repeatedly, unless they are of the continuously 
slipping type, A ship with a controllable-pitch propeller 
may be maneuvered extensively at low power levels by 
pitch control, usually with the engine speed set at a con- 
stant but modest rpm throughout the maneuvering 
period. 

At the close of a departure maneuvering period, engines 
should be loaded in increments extending over at least the 
first hour at sea. If there is a barred speed range, it is 
passed through quickly. 

c. Running-in after an overhaul. Running-in is nec- 
essary to enable new piston rings to wear to conformity 
with the cylinder liner. An engine with one or more pistons 
fitted with new rings should be started and run on distil- 
late fuel, with the load applied gradually over a period of 
at least six hours. On engines with separate cylinder-oil 
lubricators, cylinder oil should be fed to the re-ringed 
cylinders at an increased rate during the running-in 

period. , 

d. Underway. While underway, the engme and all 
systems are monitored. Even in fully automated plants, 
periodic inspections are made. Trends are noted as an 
aid in planning maintenance and in avoiding unexpected 

failures. * 

Fuel-oil consumption is calculated daily. In crosshead 
engine installations, the cylinder-oil measuring tank is 
refilled daily, consumption is calculated, and cylinder lu- 
bricators are adjusted as required. 

On engines burning heavy fuel, the turbocharger tur- 
bines are periodically water-washed, often every day. The 
compressor requires cleaning less frequently. 


Approximately weekly, indicator cards, or the electronic 
equivalent, or maximum pressure readings, are taken in 
order to confirm that the load is balanced among the cyl- 
inders. 

Self-cleaning purifiers are opened for manual cleaning 
at intervals determined by experience. Other purifiers are 
cleaned at shorter intervals that are also determined by 
experience. 

e. Stopping. Propulsion engines cannot be secured 
until the bridge has given and confirmed the order "fin- 
ished with engines/' Once an engine is secured, fuel 
pumps are stopped, the starting air stop valve is shut, 
and the turning gear is engaged to prevent an accidental 
rotation of the engine. Cylinder indicator cocks and drains 
at air coolers and at air and Exhaust manifolds are opened 
and secured in the open position. 

Before stopping an engine that is run on heavy fuel but 
started on distillate fuel, it is necessary to change over to 
distillate f tfel. This may be advisable even for engines that 
normally are started on heavy fuel, to clear the lines of 
heavy fuel and to facilitate maintenance. 

Care must be taken on stopping, to ensure that the 
engine is in a position to be restarted. 

Because of the danger of a crankcase explosion, crank- 
case doors must not be opened until after the crankcase 
has cooled down. 

When steam to fuel heaters and for fuel-line tracing is 
no longer needed, it is secured. Independent cooling water 
and lubricating-oil circulating pumps are kept in operation 
for about a half hour after the engine has been stopped. 
Lubricating-oil purifiers on propulsion engines are kept 
in operation for 12 to 24 hours after the engine is stopped. 

f . E mer gencv o pe rat ion. 1 1 is o f ten neces sary to put 
an engine Into temporary service with one or more cylin- 
ders out of service, or with a turbocharger secured. De- 
pending on the nature of the problem, it is usually better 
from the standpoint of engine balance if the piston and 
running gear of the out-of-service cylinder remain in 
place, with cylinder lubrication continued. If a piston must 
be hung up or removed, the starting air valve must be 
isolated. 

Where machinery is normally unattended, watches 
should be set for the duration of the emergency. The 
engine output must be reduced to avoid overloading the 
remaining cylinders, and reduced further if limits are ap- 
proached. The rpm must be changed immediately if vibra- 
tion intensifies. If barred speed ranges exist for operation 
with a reduced number of cylinders, these ranges must 
he ascertained and then avoided. 

1 1 J Maintenance Practices. Preventive maintenance 
is performed according to a schedule as recommended by 
the manufacturer and as amended by the operator in light 
of continuing experience. Additional guidance in the 
scheduling of preventive maintenance is provided by anal- 
ysis of performance data (condition monitoring or trend 
analysis). 

a. Performance data analysis. The analysis of per- 
formance data may be limited to an observation of trends 
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in pressures and temperatures that are read from ther- 
mometers and pressure gages, and recorded in the log- 
book, but more comprehensive methods are also used. As 
more sophisticated measuring techniques and instru- 
ments have become available and proven to be effective 
and reliable in service, the number of parameters moni- 
tored has increased, and the use and effectiveness of con- 
dition monitoring have grown. For example, some engines 
are fitted with proximity detectors to locate piston rings 
and measure their wear, and others to measure valve and 
fuel plunger positions and accelerations. Some engines 
are fitted with pressure sensors in cylinders and high- 
pressure fuel lines, together with position sensors on in- 
jectors and valve stems, that are keyed to crank angle 
sensors, enabling indicator cards, crank angle diagrams, 
fuel line pressure diagrams, and needle and valve lift dia- 
grams to be produced accurately and instantly. Where 
sufficient data can be gathered, a computer can track 
performance, detect ominous trends, diagnose likely 
causes, and provide guidance concerning possible correc- 
tive action or amended practice. 

Performance data analysis is useful in that it increases 
the ability to avoid unnecessary maintenance and renew- 
als, to warn of early failure, and to enable scheduled main- 
tenance intervals to be adjusted. 

One of the most important parameters to provide an 
indication of engine condition is the exhaust-gas tempera- 
ture. In the hands of an experienced operator, and taken 
together with other data, exhaust temperatures may indi- 
cate such diverse problems as fouled air coolers, damaged 
turbochargers, fouled or blocked ports, a maladjusted fuel 
rack, defective injection pumps or injectors, worn fuel 
cams, leaking or burned exhaust valves, broken or stuck 
piston rings, sticking intake valves, or leaking gaskets. 

Indicator cards or their electronic equivalent or, less 
effectively, maximum pressure readings, are used to de- 
tect problems with valves and combustion, and to balance 
the cylinder outputs. Cylinder compression readings can 
be used to indicate whether rings and valves are sealing 
tightly. 

An unexpected change in the oil sump level may reflect 
a leakage of oil, leakage of water from a heating coil or 
heat exchanger, contamination by distillate fuel oil, worn 
or stuck piston rings, or worn valve guides. 

Lubricating-oil samples are analyzed to indicate bearing 
wear, liner or ring wear, piston wear, water leakage, fuel 
dilution, or stuck or worn piston rings. 

A gradually rising pressure in the crankcase of trunk 
piston engines usually indicates blow-by. 

Smoke observations provide a coarse indication of prob- 
lems that, in reasonably well-instrumented engines, are 
more likely to have been detected earlier. Smoke may 
indicate overload, air starvation, defective or maladjusted 
injection equipment, low fuel temperature, worn or stuck 
piston rings, worn valve guides, maladjusted cylinder lu- 
bricators, low combustion temperature, advanced or re- 
tarded injection, or a leaking jacket, cylinder head, turbo- 
charger, or exhaust-gas boiler. 

Falling pressures in systems serviced by pumps may be 
indicative of pump wear, leakage, improperly set stop 


valves, or blockage at a strainer, heat exchanger, or else- 
where in the system. A falling pressure in a lubricating- 
oil system could also be the result of excessive bearing 
wear, of overheating of the oil, or of dilution of the oil by 
fuel. Discharge filters in lubricating-oil and fuel systems, 
and charge air intake filters and coolers, are normally 
fitted with pressure gages or manometers that indicate 
the differential pressure across the unit. 

Vibration sensing and analysis has proven to be a very 
reliable monitoring technique for rotating machinery, in- 
dicating bearing deterioration or imbalances resisting 
from damage or deposits. The technique is widely applied 
to auxiliary machinery, but its usefulness on engine- 
driven or otherwise attached equipment is limited by the 
extent to which the inherent vibration of the engine's 
many reciprocating components can be filtered out. Nev- 
ertheless, vibration-monitoring techniques have success- 
fully detected bearing wear and piston skirt wear in high- 
speed engines, and wider applications to large engines for 
these purposes are feasible. 

b. Maintenance schedules. Engine manufacturers' 
maintenance schedules are usually predicated on the basis 
of a specified fuel, and for operation at 80% to 90% of 
rating. For engines using fuels of poor quality or op- 
erating under such adverse conditions as sustained over- 
load or low load, or subjected to frequent, cyclic load 
changes, more frequent maintenance may be necessary. 
In general, lower-speed engines require less maintenance 
than higher-speed engines when run on fuel of poor qual- 
ity. The intervals cited below are typical, but are intended 
to provide background information only. 

* At intervals, typically of 500 to 1000 operating 
hours, samples of lubricating oil are taken for analysis; 
oil is renewed if required. At similar intervals, fresh water 
in each cooling circuit is sampled, tested, and treated or 
renewed, 

* At intervals of 1000 to 2000 hours on engines burn- 
ing heavy fuel, or as experience dictates, the fuel injectors 
must be removed, tested, and reconditioned as required. 

* On medium- and higher-speed engines burning high- 
vanadium fuel and fitted with exhaust valves, exhaust 
valve performance may become suspect at intervals as 
short as 1000 hours or less, depending on factors such as 
fuel quality, valve materials, valve cooling, and operating 
practices. If a defective valve is confirmed, the valve cage 
or cylinder head must be lifted to clean, lap, grind or 
replace the valve or the seat. 

* At intervals of 1000 to 3000 hours, air manifolds 
and, on crosshead engines, under-piston spaces, are in- 
spected and cleaned. On large two-stroke engines the air 
ports usually permit a limited visual inspection of the 
cylinder liner, piston crown, rings, and skirt from the air 
manifold. Cam surfaces are inspected for pitting; timing 
gears or sprockets are inspected for tooth wear and 
cracks; timing chain tension is checked and adjusted; tap- 
pet clearances are checked and adjusted; on engines with 
valves, the valve gear is inspected for free and proper 
operation; valves are confirmed to move easily but not 
loosely in their guides; exhaust-valve rotators are checked 
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Fig, 51 Crankshaft deflect ron measurements 


l 



for proper functioning; and the valve and injector timing 
is checked. 

* At intervals of 3000 to 6000 hours, major nuts and 
bolts, including the foundation bolts and tie rods, are 
checked to ensure that they remain properly tightened; 
crankshaft deflection readings are taken and suspect 
main bearing clearances are measured; telescopic tubes 
or swinging pipes used for oil and water delivery to pis- 
tons and crossheads of crosshead engines are examined; 
and glands are tightened or packed* 

• At intervals of 6000 to 12,000 hours in engines run- 
ning on heavy fuel, or up to 25,000 hours in distillate- 
fueled engines, cylinder heads are removed, inspected, 
and rebuilt with new parts as appropriate* Pistons are 
pulled, inspected, and measured; the condition of the wrist 
pins and clearances in trunk pistons are determined; ac- 
ceptable pistons are usually returned to service with new 
rings* Cylinder liners are inspected, measured, dressed, 
honed, or replaced, as required. Cylinders are reassem- 
bled with new gaskets and seals* Usually in coordination 
with a cylinder overhaul, the condition of connecting-rod 


bearings and their clearances are checked; in crosshead 
engines, trosshead guides are also examined. 

- At intervals of 8000 to 12,000 hours in engines run- 
ning on heavy fuel, or up to 25,000 hours in engines burn- 
ing distillate fuel, the turbochargers are disassembled, 
cleaned, inspected, and, if acceptable, balanced and reas- 
sembled with new bearings and seals. 

* At intervals of 12,000 to 25,000 hours the main bear- 
ings and the thrust bearing are inspected and their clear- 
ances measured. At similar intervals attached oil and wa- 
ter pumps are inspected and overhauled as required; the 
injection pumps and the governor are also overhauled and 
recalibrated* 

In general, major machinery maintenance tasks aboard 
ship are staggered to provide a manageable amount of 
work during each port visit* Classification societies offer 
continuous machinery survey provisions to suit this prac- 
tice* Operators of ships in seasonal trades usually attempt 
to restrict all planned maintenance to the lay-up period, 
when complete overhauls are more conveniently under- 
taken. 

Spares are kept in an overhauled, subassembled condi- 
tion, ready for use, to expedite both emergency repairs 
and staggered maintenance schedules. A used component 
that is withdrawn from the engine is either reconditioned 
to become the next spare or is scrapped. 

c* Crankshaft deflection measurement* Crank- 
shaft deflection measurements are taken periodically as 
a means of checking main bearing alignment* The mea- 
surements are taken between the webs of each crank, 
opposite the crankpin, at a designated distance from the 
crankshaft centerline, as shown in Fig* 51. The designated 
distance is usually established by centerpunch marks, A 
dial indicator, with extension bars as required, is inserted 
within the marks, and the crankshaft is rotated through 
a revolution, stopping every 90 deg, at or close to each 
dead center and mid-stroke position. Perfect alignment 
would be indicated if all of the readings at each crank 
were equal, but an acceptable alignment is considered to 
exist when variations are within manufacturer's limits, 
which may range from about 0*03 mm for smaller engines 
up to about 0*5 mm for the largest engines. During the 
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process, the crankshaft must be in contact with the bot- 
toms of the adjacent main bearings, a requirement which 
is usually met by component weight* 

d* Special tools and maintenance aids* The premier 
maintenance aid in a diesel plant is the overhead crane. 
While a simple overhead beam fitted with a trolley for a 
chain fall may suffice for smaller engines, a permanently 
installed gantry crane, electrically or pneumatically pow- 
ered, with mobile remote control and precise longitudinal 
and transverse positioning, is common in larger plants. 
With eight or more main engine cylinders and short port 
stays, a second gantry carriage fitted on the same rails 
will enable work on two different cylinders simultane- 
ously. Auxiliary engines should have their own lifting 
gear, to avoid interfering with main engine maintenance 
schedules. 

Maintenance is simplified by special tools and access 
gear, which usually are supplied by the engine builder* 
Access gear generally is intended for use with the over- 
head crane and may include built-in rails, lifting points, 
and jacking pads within the crankcase to facilitate the 
removal of large items. Equipment for a large engine 
might include lifting beams and brackets, tensioning de- 
vices (hydraulic or electric) for all major studs and bolts, 
strongbacks for removing components whose withdrawal 
might be difficult, motor-driven grinders for exhaust 
valves and seats, an injector testing unit, mandrels for 
lapping fuel and starting-air valve seats, piston ring 
spreading and compression devices, and measuring de- 
vices, including trammels, bridge gages, brackets for 
jacks and dial indicators used in measuring bearing clear- 
ances, and go /no-go gages for valve guides and small 
bearings. 


Smaller bolts and studs can be tensioned by torque 
wrenches, but larger bolts and studs are most often ten- 
sioned by hydraulic jacks, as illustrated by Fig* 52, to 
stretch the bolt or stud a predetermined amount, which 
coincides with a specific pressure developed by a hand 
pump* At the specified tension the nut is easily run up, 
the tension is released, and the bolt or stud remains pre- 
stressed; for removal, the process is reversed* An alterna- 
tive arrangement, frequently fitted, is a hydraulic nut, 
illustrated in Chapter 10. In some applications the ten- 
sioning device is an electric heating rod that is inserted in a 
central boring of the bolt or stud to elongate it by thermal 
expansion* Another procedure, used to confirm that the 
desired amount of bolt preload has been achieved, entails 
the use of bolts that have a small, blind hole bored from 
the head end, which extends into the shank of the bolt. 
The depth of the hole is measured before and after it is 
installed, thus permitting the bolt strain, and therefore 
the preload stress, to be confirmed* This technique is fur- 
ther discussed in Chapter 10. 
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Gas Turbines 
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Section 1 
Introduction 


1,1 Bette Contiderafioni* Since the early 1970's gas 
turbine prime movers have been used increasingly in main 
propulsion and generator-drive applications for surface 
ships. While commercial shipping has turned to diesel en- 
gine propulsion as the preferred prime mover, the world's 
navies have selected gas turbines for the majority of their 
non-nuclear propulsion applications. The U.S. Navy first 
introduced gas turbine propulsion and ship-service gener- 
ators on the DD 963 Spruance Class destroyers, and since 
that time, many major combatants (destroyers, frigates, 
and cruisers) have utilized gas turbine engines. Gas tur- 
bines are the dominant main propulsion and ship-service 
prime movers for destroyers and cruisers. Gas turbines 
are also used for main propulsion for frigates as well as 
the foiibome engine for hydrofoil craft. These aircraft- 
derivative engines are also in service as peaking power 
plants for electrical utilities and for gas transmission and 
compression in the oil and gas industry. The gas turbine 
is an attractive prime mover due to its high power- to 
weight ratio, quick -starting capability, acceleration char- 
acteristics, and reliable operation. 

All gas turbines are practical applications of the Bray- 
ton thermodynamic cycle, which is illustrated by Fig. 1. 
The Brayton cycle is an ideal cycle in which the working 
fluid is a perfect gas (air in most cases), which is com- 
pressed isentropically by a compressor (from 1 to 2), 
heated at constant pressure in a combustion chamber 
(from 2 to 3), then allowed to isentropically expand 
through a turbine back to compressor inlet pressure (from 
3 to 4). The power produced by the turbine exceeds the 
requirements to drive the compressor, thus providing ex- 
cess power for ship propulsion or ship-service generator 
drives. 

Over the last 50 years progressive improvements in 



entropy, s 

Fig. ! Bray ton thirmadynamk cyde 


gas turbine design have resulted in continual increases in 
cycle efficiency. These improvements include: 

* Higher compressor pressure ratios. 

* Higher turbine inlet temperatures. 

* I mproved compressor and turbine stage efficiencies. 

* Reduced number of compressor and turbine stages 

through higher loading. 

* Introduction of intercooling in the compression 

process, 

* Introduction of recuperation from the exhaust 

gases. 

* Other combined-cycle waste-heat-recovery features. 

Different designs have used various combinations of 
the foregoing to provide improvements in the cycle effi- 
ciency, power-to-weight ratio, and specific fuel consump- 
tion. These combinations modify but do not change the 
basic concepts of the Brayton cycle. 
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Fig. 2 


Gas Turbine engine schematic 
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C, - LOW PRESS. COMP. 
C, * HIGH PRESS. COMP. 
S - BURNER 

T, HIGH PRESS, TURR. 
Tj - LOW PRESS, lUm. 

FT - FREE POWER TURB. 

R - RECUPERATOR 
I - INTERCOOLER 



ZJ OUT 



[b) recuperative cyde 


{d} recuperative cycle with intercooling 



(c) recuperative cycle with reheat 


(#) recuperative cyde with reheat and intercooling 


Fig. 3 Alternative gas turbine configurations 


Basically, a gas turbine engine consists of two parts: 
(1) a gas generator to provide gas at high pressure and 
temperature, to be expanded through (2) a turbine to de- 
liver useful work. In marine propulsion applications, the 
power-producing turbine, or power turbine, can be 
mounted on a separate shaft from the gas generator, as 
shown by Fig. 2. The gas generator and the power turbine 
are coupled aerodynamically but not mechanically in what 
is known as a ‘Tree power turbine" arrangement. 

For electrical generator applications, the gas generator 
and the power turbine can be mounted on a common shaft 
in a “single-spool" gas turbine arrangement, or they can 
be mounted on separate shafts in a “free power turbine" 
arrangement. 

1.2 Cyde Performance. Several potential cycles for 
marine gas turbines are shown in Fig. 3. The simple cycle 
shown in Fig. 3(a) is well suited for naval applications 
because of its simple design and easy operation. This en- 
gine can achieve a specific fuel consumption at full power 
rating conditions of approximately 0.40 Ib/bhp-hr at a 16- 
to-1 compressor pressure ratio with liquid fuel having a 
lower heating value of 18,400 Btu/lb. 

Figure 3(6) depicts the addition of a recuperator to the 
simple cyde, which is used to transfer heat from the ex- 


haust gas to the compressed air entering the combustor 
and thereby reduce the amount of fuel required to be 
burned in the combustor. The addition of a recuperator 
can increase the thermal efficiency of a gas turbine cycle 
by 20 to 30% if the compression ratio is optimized for the 
desired cycle; however, as indicated in Fig. 4, the advan- 
tages of a recuperated cycle diminish as the compression 
ratio rises [1]. This occurs because the compressor dis- 
charge temperature begins to approach the exhaust tem- 
perature as the pressure ratio rises. This reduces the 
amount of heat that can be transferred from the exhaust 
gas to the compressor exit air. Most recuperated gas tur- 
bines have pressure ratios in the range of 7 to 12. The 
effectiveness and pressure drop of the recuperator will 
also have an effect on the cycle performance. 

Figure 3(c) illustrates the recuperative cyde with re- 
heat. This cycle is obtained by adding a secondary combus- 
tion chamber between the high-pressure turbine and the 
power turbine to reheat the gas hack to a temperature 
nearly equal to the high-pressure turbine inlet tempera- 
ture. This results in increasing the total available energy 
of the power turbine; however, the improvement in fuel 
rate is not substantial because of the added pressure 
losses of the reheater. 
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Fig. 4 Thermal efficiency improvements due to recuperation 


To obtain higher efficiencies at higher pressure ratios, 
intercooling can be added to the cycle as shown in Fig. 
3{rf)- The intercooler is usually a water-cooled heat ex- 
changer, which reduces the air temperature between the 
low-pressure compressor and the high-pressure compres- 
sor. This effectively reduces the amount of work required 
of the compressor to deliver the same pressure ratio be- 
cause the gas volume is reduced. Intercooling also reduces 
the discharge temperature of the high-pressure compres- 
sor, which allows the recuperator to effectively transfer 
heat from the exhaust gases back to the compressor dis- 
charge air. The combination of intercool mg and recupera- 
tion results in significantly higher thermal efficiencies for 
higher pressure ratio gas turbines as shown in Fig. 5 [2]. 

A further improvement in off -design efficiency can be 
obtained in the intercooled recuperative gas turbine by 
providing variable-area geometry in the power turbine. 
This variable geometry, which consists of one or more 
stages of variable vanes, allows the engine to maintain 
higher turbine inlet temperatures at lower power settings 
and thus raises the thermal efficiency at off-design opera- 
tion. The effect of adding variable geometry to the power 
turbine is shown in Fig. 6. This increased performance at 
low power points is very important to naval ship designers 
since the majority of operating time for naval ships is 
spent at part-load power points. * 

Figure 3{e) shows a complex recuperative cycle with 
reheat and intercooling. Although this cycle can reduce 
the specific fuel consumption and specific airflow signifi- 
cantly when compared to a simple cycle, the added equip- 
ment and increased complexity tend to offset these advan- 
tages. 

More extensive discussions on gas turbine cycle per- 
formance can be found in references 3 through 6. 



Fig. 5 Effect of intercooling on simple- cycle and regenerative-cycle ther* 
mol efficiency 

1.3 Single-spool and Multi-spool Gat Turbines. The 

simplest gas turbine design is that of a single-spool en- 
gine. Figure 7 is an example of a single-spool engine. A 
single shaft connects the compressor and the turbine to a 
ship-service generator. The excess power developed by 
the turbine over the compressor power requirements is 
used to drive an a-e generator through a reduction gear- 
box. Figure 8 illustrates a single-spool gas generator and 
a free power turbine. A free power turbine has an indepen- 
dent shaft and uses the excess energy at the discharge of 
the gas generator turbine to produce output shaft power 
in its power turbine. The power turbine shaft is connected 
to the main reduction gear and the propeller shaft of the 
ship. 

Many aircraft-derivative engines utilize two-spool gas 
generators and a free power turbine. These engines con- 
sist of a low-pressure compressor, high-pressure compres- 
sor, combustor, high-pressure turbine, low-pressure tur- 
bine, and free power turbine. The use of multi-spooi 
compressors allows higher compression ratio designs to 
operate efficiently over the entire speed range by allowing 
the low-pressure compressor and high-pressure compres- 
sor to operate at their own optimum speed. 

1.4 Effect of Ambient Conditions and Duct Losses on 
Performance. The effect of ambient conditions on the 
performance of gas turbines can be quite significant, and 
ambient conditions must be considered in the selection 
and application of gas turbines on any ship. The power 
output of any gas turbine is directly proportional to the 
airflow rate through the machine. Therefore, changes in 
barometric pressure directly affect the capacity of the 
engine, but not the efficiency or specific fuel consumption. 


SPECIFIC FUEL CONSUMPTION, Ib/hp-hr 
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turbine 


Fig. 7 Single-spool gos turbine with axial compressor 


The efficiency and specific fuel consumption are not af- 
fected because the fuel-to-air mixture is maintained to 
hold the turbine inlet temperature constant. Therefore the 
fuel flow is reduced proportionally to the airflow. 

The ambient temperature, or compressor inlet tempera- 
ture has a pronounced effect on a gas turbine’s overall 
performance. A change of 10 deg F in ambient tempera- 
ture can change the power output of a gas turbine by as 
much as 5% for a constant power turbine inlet tempera- 
ture [7], Figure 9 shows the effect of inlet ambient temper- 
ature on gas turbine performance. These curves show the 
reductions in output power that must be made, as the 
ambient temperature rises, to maintain a constant power 
turbine inlet temperature. 


Roth the power output and efficiency are very sensitive 
to pressure drops anywhere in the cycle. The inlet and 
exhaust system losses must, therefore, be carefully con- 
trolled in the ship design process in order to reduce their 
effect on the gas turbine’s performance. The inlet pres- 
sure drop is extremely critical since it not only introduces 
an efficiency loss into the cycle, but it also reduces the 
airflow through the engine. A pressure drop of 1% (4 in. 
of water) in the inlet reduces the power output by 1.5 to 
2 % and increases the heat rate (thennal energy input/ 
power output) by 0.5 to 1.0%. The same pressure drop at 
the exhaust reduces the power output by 0.5 to 0.75% and 
increases the heat rate by 0.5 to 0.75%. Typical correction 
curves for inlet and exhaust duct losses are shown in Figs. 
10 and 11. 

To provide a common baseline for design analyses, the 
TJ.S. Navy has defined the following standard rating con- 
ditions to establish the maximum power output of propul- 
sion and auxiliary gas turbines [8]r 


• Ambient air temperature 

• Ambient air pressure 

• Inlet pressure loss 

• Exhaust pressure loss 


100 F 

29.92 in. of Hg abs 
4 in. water 
6 in. water 


shaft HORSEPOWER - SHP 




Fig, 8 Large gas turbine with axial-flow compressor 
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Fig. 9 Typical effect of inlet air temperature on gas turbine performance [7] 
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NOTE: ESTIMATES BASED ON 7LM2500PC INLET DUCT LOSS CHARACTERISTIC. 1 - 
constant POWER turbine INLET TEMPERATURE and speed 
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These rating conditions are significantly more demanding 
than the ones used by the International Standards Organi- 
zation (ISO), which are 59 F, 29:92 in* of Hg, with no inlet 
or exhaust losses specified* As a result, a specific gas 
turbine would have a lower rating for Navy applications 
than indicated by ISO standards. 

?,5 Combined Cycles* A gas turbine is a flexible 
prime mover that can be applied not only alone but also 
in combination with other prime movers. Several combina- 
tions have been applied successfully in marine applica- 
tions, and others have been investigated* Some of the 
combinations that have been considered include: 

COmbined Gas turbine And Gas turbine plants 
(COGAG) 

COmbined Diesel And Gas turbine plants (CODAG) 
COmbined Steam And Gas turbine plants (CGSAG) 
COmbined Gas turbine And Steam plants (COGAS) 
COmbined Diesel Or Gas turbine plants (CO DOG) 
COmbined Gas turbine Or Gas turbine plants (COGOG) 
COmbined Nuclear And Gas turbine plants (CON AG) 
The ratings of gas turbines tend to be discrete and 
limited because the cost to develop a new gas turbine for 
a specific power is very large. As a result, to satisfy larger 
power requirements, multiple gas turbine engines are fre- 
quently used. The engines may or may not be of the same 
rating. In a multi-engine arrangement, one engine may be 
used at low speeds, and additional power requirements 


are met by bringing additional gas turbine engines on line 
as required. The reason for this is that the specific fuel 
consumption of a gas turbine engine is poor at partial 
power, therefore, by using multiple engines and progres- 
sively bringing them on line as more power is required, 
each engine can operate near its capacity resulting in 
reduced overall fuel consumption. As an alternative to 
installing multiple engines of equal rating, a small gas 
turbine engine (or engines) may be installed in combina- 
tion with a large gas turbine engine (or engines)* When 
the small gas turbine(s) is used only in the cruising mode 
and the large gas turbine(s) is used for maximum-power 
situations, this is known as a CO GOG arrangement When 
both the small engine(s) and the large engine(s) are re- 
quired to develop full power, that is known as a COGAG 
arrangement. Gas turbines may also be combined with 
other types of prime movers, CODAG plants combine a 
diesel engine(s) with a gas turbine(s) to obtain increased 
range at low speed with the diesel(s) while maintaining a 
high-speed capability with the gas turbine(s), Both the 
diesel(s) and the gas turbine(s) are required to develop 
full power. The CO DOG plant refers to an arrangement 
where a separate smaller diesel(s) is used for cruise condi- 
tions and a larger gas turbine(s) is used at high power 
conditions* This type of plant has been successfully in- 
stalled on various naval ships* COSAG plants refer to the 
combination of a steam plant and a gas turbine where the 
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Fig. 1 1 


Effect of exhaust duct loss on gas turbine performance 


steam plant is sited for cruise conditions and the gas 
turbine provides extra power for high speed operations. 
These plants have been considered for some ship designs 
but are not very attractive because steam turbines are 
not well suited for low-power applications. COGAS plants 
are combined cycles in which waste-heat boilers in the 
exhaust ducts of the gas turbines are used to generate 
additional shaft power through a steam turbine. The U.S. 
Navy investigated this type of plant in their Rankine Cycle 
Energy Recovery (RACER) program in order to reduce 
the fuel consumption of gas turbine ships at low power 
conditions. CONAG plants have been studied in which 
small nuclear plants are used to power the ship for ex- 
tended cruise performance and gas turbines are used to 
achieve higher top speeds. Further discussion of combined 
cycles is provided in Chapter 1. 

1 .6 Bleed Air. A gas turbine may offer an advantage 
to the ship designer in the form of bleed air. Most gas 
turbines are capable of providing up to 10% of their air- 
flow in the form of high-pressure bleed from the compres- 
sor discharge. Some engines also offer inter-compressor 
bleeds at lower pressures and usually lower flow rates. 
The bleed air, which can range from 50 to 300 psig, can 
be used for a variety of purposes. On U.S. Navy ships, 
bleed air is used to start other gas turbines, as anti-icing 
air for the intake duct during cold weather operation, and 


as an air blanket system called the prairie /masker system, 
which is used to attenuate machinery and propeller noise. 

The availability of gas turbine bleed air entails a penalty 
in gas turbine performance. Figure 12 shows the effect 
of bleed air extraction from compressor discharge of a 
typical gas turbine. This figure shows that for a 10% 
bleed air extraction rate, a 14% increase in specific fuel 
consumption occurs. 

1.7 Quick Starting. A major advantage of a gas tur- 
bine over a steam plant is the ability to start and be put 
on line quickly. A gas turbine has no large masses that 
must be heated slowly; therefore, the time required to 
reach full speed and accept load is limited almost entirely 
by the rate at which energy can be supplied to accelerate 
the rotating components. A gas turbine is designed for 
rapid transients; therefore, there is no concern for the 
rotor bowing or other transient effects which limit steam 
turbines. 

The speed with which a gas turbine can be accelerated 
is, therefore, a function primarily of the starting power 
available. Small units, which have a high power rating in 
relation to the size of the engine, can be brought up to 
speed in a few seconds. But even the larger machines can 
be started and brought to full power within two minutes. 
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Fig. 12 Effect of bleed air extraction on. gas turbine 
performance 
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Of prime importance in starting a gas turbine is a close 
and accurate control of the fuel schedule, and the avail- 
ability of adequate starting torque under all conditions* 
A small excess of fuel can result in elevated temperatures 
and damage to the machine. A low starting torque can 
result in a low airflow or high fuel flow at some point in 
the cycle, which can also over heat the engine. Tempera- 
ture control of the fuel schedule, which controls the 
amount of fuel delivered to the engine based on the tur* 
bine exhaust temperature, offers the best assurance of 
quick starting without excessive temperatures. 

1.0 Fuels and Fuel Treatment. A discussion will be 
given later of the effect of some fuels on the life and 
corrosion rate of hot gas-path parts. This is a particularly 
important consideration in marine applications since one 
of the worst elements in the corrosive attack of gas tur- 
bine parts is sodium, which is always present in the marine 
environment. Another damaging element is vanadium, 
which is frequently present in petroleum oils, particularly 
crudes and residuals. 

Since gas turbines are sensitive to the quality of fuel, 
most marine applications utilize lighter distillate fuels. 
Typical fuels used are JP-4 and JP-5 aviation fuels and 
diesel fuel marine (DEM). 

1.9 Installation. Gas turbine engines are usually in- 
stalled as self-contained complete assemblies. Most 
arrangements are designed for the gas turbine to be in- 
stalled in an enclosure for noise suppression and contain- 
ment in case of fires or rotating-part failures. Figure 13 



Fig. 13 Gas turbine bose/endosure assembly 


is a gas turbine assembly of the type commonly installed 
aboard ship. This gas turbine also has its own self-con- 
tained lubrieating-oil system since gas turbines utilize 
high-temperature synthetic lubricating oils, which are not 
common on other shipboard machinery systems. 

One of the disadvantages of a gas turbine is the rela- 
tively high airflow requirements compared to other prime 
movers. This results in higher volume requirements for 
both the air intake and exhaust uptake, which often re- 
sults in arrangement problems. 

Attention must be given to the design of the inlet and 
exhaust ducts and the flow of air into the gas turbine 
module since the engine performance is very sensitive to 
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pressure losses in airflow dueling, as shown in Figs. 10 
and 11. The inlet ducting is usually designed to accommo- 
date engine removal because, in most arrangements, this 
is the path usually used to remove a gas turbine from the 
ship. 

As discussed in Chapter 1, gas turbine plants have a 
light weight, and facilitate compact arrangements with 
low space requirements since few major supporting auxil- 
iaries are required. 

KIO Operation and Maintenance. Gas turbine pro- 
pulsion plants have low manning requirements. This is 
due to the adaptability of gas turbines to automation and 
their low maintenance requirements. As discussed in Sec- 
tion 4, the gas turbine inherently requires built-in auto- 
matic controls to protect it during starting, stopping, and 


normal operation. Manual controls cannot respond fast 
enough to meet the requirements of gas turbines. The 
extension of the gas turbine controls to include the gas 
turbine auxiliaries is easily accomplished. 

The gas turbine has attained outstanding reliability and 
maintainability records through years of development in 
commercial and military' aviation. These high levels of 
reliability have also been demonstrated on ships of the 
US, Navy and foreign navies. The design of the gas tur- 
bine lends itself to easy removal usually through the in- 
take ducting of the ship. Typically the gas generator is 
disconnected from the power turbine and each is removed 
as an assembly. Onboard maintenance usually consists of 
removal and replacement of accessories or control compo- 
nents and minimal preventive maintenance actions. 


Section 2 

Arrangement and Structural Details 


2.1 General Arrangement, The physical arrangement 
of a gas turbine on board ship is influenced by mechanical 
considerations (Le„ shafts must have adequate bearings, 
seals, etc.), by structural considerations (i,e, t proper 
mounting to avoid misalignment in the turbine), and by 
the necessity to conduct very large air and gas flows to 
and from the various components. Figure 14 shows a typi- 
cal arrangement of a propulsion marine gas turbine on a 
U,S. Navy ship [9], Sections of the gas turbine arrange- 
ment on board ship include the air intake, exhaust, 
mounts, reduction gears, and other components. 

2.2 Air Intake (or Inlet) Section, The air-intake section 
must supply the gas turbine with a high volume of air 
from the atmosphere with a minimal pressure drop. The 
air-intake section should be designed to provide the gas 
turbine with a uniform pressure and velocity flowfield at 
the compressor inlet. Unequal airflow into the inlet 
annulus can reduce the efficiency of the compressor and 
cause blade vibrations that can lead to early blade failure. 
Ideally the compressor inlet should pull from an infinite 
plenum, as with an aircraft jet engine in flight. Practically, 
the engine must pull the air through a duct system; there’ 
fore, some form of air-inlet housing must be used. If a 
large plenum can be used, the compressor inlet can be 
inserted in one wall of the plenum so that the air flows 
axially into the compressor annulus. Model tests of the 
inlet configuration are often conducted to identify unde- 
sirable flow distortions. If tests are not conducted, experi- 
ence dictates that the engine inlet should be at least two 
engine inlet diameters away from the far side of the 
plenum. 

In order for the engine intake section to consistently 
provide the quality of air required, several features are 
often included in the inlet ducting. Figure 15 shows a 
typical intake arrangement. Included in the intake section 
are the filtration provisions (louvers and demisters), anti- 
icing manifold, enclosure cooling air ducting, and silencers 
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[9]. Each of these features is discussed in Section 3 in 
more detail. 

The plenum is a chamber of sufficient volume to reduce 
the air velocity and suppress vortices before it enters the 
compressor. The geometry of the plenum is designed to 
transition the airflow to the front of the compressor so 
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Fig. 15 Typical gas turbine intake-duct arrangement 


that it is evenly distributed and aligned to the centerline 
of the gas turbine. 

To reduce the axial length of the air intake system, a 
radial intake design may be considered The highly three- 
dimensional flow characteristics of this type of arrange- 
ment usually require model testing to obtain designs with 
satisfactory airflow characteristics entering the com- 
pressor. 

The air intake ducting is often used as a removal path 
for the gas turbine. This is accomplished with a rail sys- 
tem, which must be in place when an engine is to be pulled 
up through the inlet ducting. When this engine-removal 
technique is used, the ducting cross-sectional area re- 
quirement is typically determined by the engine extrac- 
tion envelope, rather than the airflow requirements. 

2,3 Exhaust Uptake. Due to the higher temperatures, 
the exhaust volume flow is larger than that, of the inlet. 
Maintaining velocities that provide reasonable pressure 
drops is, therefore, more difficult for the exhaust uptake. 
The high temperature also introduces expansion problems 
since the movement of the ducting due to thermal growth 
must be accommodated without introducing high forces 
into the turbine structure. A typical exhaust uptake is 
shown in Fig. 16. The exhaust uptake consists of an ex- 
haust collector, transition section, eductor, expansion 
joints, and ejector. 

The exhaust collector consists of a diffuser, which re- 
covers the velocity energy of the turbine exit flow, and a 
collector, which collects the turbine exit flow and turns 
the flow to the exhaust ducting as showm in Fig. 17. In 
addition to its aerodynamic function as a diffuser and 
collector, the exhaust collector must frequently act as a 
structural member and carry loads and bending moments 
through the gas path. Struts through the collector are 
often used to support the power turbine bearing housing 
and the inner wall of the diffuser. Such struts should 
be located as far down the diffuser as possible, as any 



Fig. 16 Typfcal exhaust duct 



obstruction in a diffuser, even when streamlined, mark- 
edly reduces its recovery efficiency. In addition, provision 
must be made for the thermal expansion (especially dur- 
ing starting) of the struts, which are completely immersed 
in the hot gas stream. In small units, distortion of the 
casings at the attachment points may be insignificant; but 
in large units some radial flexibility is generally allowed. 
Tangential struts or a radial strut with a tangential spring 
member at the outer end are possible arrangements. Air- 
cooled struts attached to cylindrical inner and outer mem- 
bers, which can grow sufficiently to allow for some expan- 
sion, can also be used. 

The exhaust collector is usually fabricated from rela- 
tively thin material with suitable stiffening ribs formed 
in the material or welded on externally. This serves to 
stiffen the structure to prevent drumming or resonances 
and also enables the structure to withstand the internal 
pressure due to back pressure imposed on the unit when 
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heat-recoverv equipment is used. Large flat surfaces 
should be designed to withstand at least 20 in, of water 
pressure without bulging. 

Materials for exhaust collectors are frequently stain- 
less steels, particularly for units with high exhaust tem- 
peratures, The exhaust system is usually covered with 
some form of insulation (blanket, block, plastic, etc.) to 
reduce the temperature of the exposed surface. 

The exhaust section is designed to expel the engine 
exhaust gas in a manner to prevent re ingestion into the 
intake ducts. The exhaust gas leaving the stack must 
possess sufficient velocity to penetrate the ship's air 
boundary layer to prevent downwash and subsequent re- 
ingestion by the intake system. One method used to avoid 
reingestion is to have the exhaust outlets at a higher 
level than the intake assembly. For military ships, sound 
suppression and temperature reduction of the gas are also 
part of the exhaust section. Sound suppression is typically 
accomplished with insulation and a vane type silencer. The 
sound suppression system is described in more detail in 
Section 3. Exhaust temperature reduction starts by mix- 
ing the enclosure cooling air into the exhaust flow at .the 
exhaust collector. Additional reduction is accomplished 
with an eductor system, A typical eductor system is shown 
in Fig. 18, This system mixes the outside air with the 
exhaust gases. The eductor is a mixing tube positioned to 
draw outside air into the exhaust gas stream as it enters 
the mixing tube. This exhaust temperature reduction is 
needed to reduce the infrared signature of the exhaust 
plume, 

2.4 Structural Arrangement. Structurally, the station- 
ary gas turbine parts, compressor casings, combustion 


casings, turbine casings or shells, and the related struc- 
tural supports for the rotor bearings must withstand not 
only the internal pressure forces but also the external 
forces imposed on the unit from its o^n weight and the 
reactions from engine torque and external connections. 
The casings must be designed for the internal pressure 
forces and must also be checked as a beam, under the 
reactions due to the weight of the components, plus what- 
ever u g tf loading may be imposed. Rotor and stator 
weights must be considered, and supports are frequently 
located so as to minimize the bending moments in the 
structure. 

The calculation of the bearing housings and supports 
cannot be based upon the weights of the rotors alone. To 
insure the integrity of the unit in the event of a blade or 
vane failure, they should be able to carry the centrifugal 
loads imposed by the loss of some credible combination of 
vanes or blades within the tensile strength of the mem- 
bers. The loss of two adjacent vane sections or one com- 
plete blade and dovetail is considered a reasonable as- 
sumption. 

Mounting of the gas turbine to a base can take many 
forms. The mounting system must support the unit and 
maintain it in line with the driven equipment, while 
allowing for the axial and radial thermal growth of the 
unit from cold to normal operating temperatures. Several 
methods of support are shown in the various illustrations, 
and it will be seen that small units frequently use three 
points of support with one centering key or gib, while 
larger units usually use at least four supports; more are 
used if the whole unit is divided into several casings as in 
multi-engine arrangements. An example of a gas turbine 
mounted to a base is shown in Fig. 19. 

Mounting of the base to the hull may be either accom- 
plished with hard mounts or with resilient mounts. Resil- 
ient mounting is used when either structureborne noise 
attenuation or high-intensity shock protection is a require- 
ment. Resilient mounts typically consist of sets of spring 
washers attached to resilient neoprene shock mounts. 

2.5 Intercoolers and Recuperators, Marine gas tur- 
bines are typically derivative designs of aircraft gas tur- 
bines. However, because the size and weight restrictions 
of marine gas turbines are more flexible than for aircraft 
gas turbines, enhancements have been made to the simple 
gas turbine cycle of the aircraft engine to improve per- 
formance. As illustrated in Fig. 8, two such enhancements 
are the additions of an intercooler and a recuperator. An 
intercooler is an air-to-liquid heat exchanger used during 
the compression process to enhance the specific power of 
the gas turbine. This is accomplished by cooling the gas 
turbine airflow midway through the compression process, 
thus reducing the specific volume of the compressed air 
and thereby reducing the energy required to complete 
the later stage of compression. The reduction in energy 
required during the compression process is then reflected 
in an increase in the power output. 

Intercoolers divert airflow from the compression pro- 
cess to a heat exchanger and then back to the compressor 
section. This diversion causes a significant change in the 
thermodynamic matching of the components, making it 
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Fig, IP Typical gas turbine mounting system 


more practical for engines with two compressors on sepa- 
rate shafts. Typically, intercoolers are shell-and-tube or 
plate-fin heat exchangers with the air flowing on one side 
transferring heat to the liquid flowing through the other. 
The liquid in the tubes can be seawater from an open 
seawater loop, or fresh water or glycol from a closed loop. 
If a closed loop is used, a second heat-exchanger loop is 
required to remove the heat from the closed-loop fluid. 
The second loop is usually an open seawater loop. 

An intercooler can be an on-engine design or an off- 
engine design. An on-engine design is contained within 
the engine module and because of size considerations is 
typically a closed heat exchanger loop on the engine and 
a secondary loop off the engine. The off-engine design 
diverts the airflow from the core engine, through the heat 
exchanger, and then returns it back into the core engine. 
An off-engine intercooler design is shown in Fig. 20 [10], 

A recuperator is used to transfer heat from the exhaust 
gas to the engine airflow to reduce the fuel required dur- 
ing combustion, A recuperator is a fixed-surface heat ex- 
changer b which the hot exhaust gas is on one side and the 
engine airflow is on the other, and the heat is transferred 
through the wall by conduction. Rotary heat exchangers 
in which a heat-storage matrix is alternately exposed to 
the hot exhaust gases and then to the engine airflow, 
transferring heat from the former to the latter, are called 



“regenerators.” Both recuperators and regenerators have 
been successfully used with gas turbines although a recu- 
perator is far more common. The choice of one or the other 
is determined primarily by the installation arrangement 
and consideration of the leakage and carryover problems 
experienced by regenerators in higher pressure ratio gas 
turbines [11]. 

Heat exchangers for recuperators include the plate-fin, 
primary-surface, and profile-tube types, A plate-fin heat 
exchanger consists of alternating flows of exhaust gas 
and engine airflow between corrugated sheets of stainless 
steel. A primary-surface heat exchanger is shown in Fig. 
21(a) and is very similar to a plate-fin design, except that 
the primary-surface is a continuous plate folded to create 
alternating passages of exhaust gases and engine air flow 

[12] , Figure 21(b) shows a profile-tube design which is 
similar to a shell-and-tube design, except the tubes are 
aerodynamically shaped and stacked in a compact manner 

[13] - 

The selection of the materials used in recuperators de- 
pends upon the operating temperature range of the recu- 
perator. Where the maximum turbine exhaust tempera- 
ture is 1000 F or below, low-alloy carbon steels can be 
used, but the metal thicknesses chosen should provide 
an adequate allowance for minor corrosion. For turbine 
exhaust temperatures over 1000 F, or where the design 
has been optimized for minimum weight with resulting 
thin-gage materials, corrosion-resistant materials such as 
stainless steel or one of the Inconels are necessary. 

Another concern in the design of the heat exchangers 
for recuperators is the fouling build up over numerous 
hours of operation. Experimental results from research 
conducted at the David Taylor Research Center show that 
fouling does occur and causes a performance degradation 
for the type of heat exchanger designs used in marine gas 
turbines. However, the buildup of contaminant can be 
cleaned (burned off) by running the gas turbine with only 
the hot exhaust gases allowed to flow through the heat 
exchanger [14]. 

2.6 Reduction Gearing and Reversing Considera- 
tions. A gas turbine is a high-speed machine with output 
shaft speeds ranging from about 3600 rpm for large ma- 
chines up to 100,000 rpm for very small machines. Approx* 
imately 25,000 rpm is an upper limit for units suitable for 
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(b) Prolile Tube Recuperator 
Fig. 21 Alternative recuperator designs 

the propulsion of small boats. With these output speeds, 
a reduction gear is necessary to reduce the speed to the 
range suitable for a propeller, Smaller units suitable tor 
boats or for driving auxiliary units, such as generators 
in larger vessels, frequently have a reduction gear built 
integral with the unit. Larger units normally require a 
separate reduction gear. 


The gearing itself can be of any arrangement. Smaller 
units with built-in gears frequently use a planetary or 
star gear arrangement Larger units use double-helical 
gears. Any of the gear types and arrangements described 
in Chapter 9 can be used with a gas turbine to suit the 
rating, speed ratio required, and arrangement of the ma- 
chinery in the vessel. 

A gas turbine is not inherently reversible. Steam tur- 
bines can provide separate reversing elements built into 
the low-pressure casing, but this is not practical in a gas 
turbine as this rotation loss of the astern elements rotating 
in the ahead direction at atmospheric pressure would be 
very high. The resulting temperatures and losses would 

be unacceptable. . , 

Lacking a practical internal reversing method, propul- 
sion gas turbines installations must be reversed by an 
external means. Electric drives offer ready reversing, as 
further discussed in Chapter 8; however, the two most 
common means of providing a reversing capability are a 
reversing gear [15,16] or a controllable-pitch (CP) propel- 
ler. Both have been used successfully in gas-turbme- 
driven ships* CP propellers are common in ships powered 

bv gas turbines* t 

An important consideration in choosing a reversing 
means for a gas turbine is whether the turbine is a single- 
spool, or multi-spool (free power turbine) design. A single 
spool gas turbine, which produces output power with the 
same power elements that drive the engine compressor 
has a very limited speed range, thus limiting the speed 
range of the propeller. Consequently, a single-spool gas 
turbine arrangement with a reversing reduction gear 
would entail severe maneuvering restrictions; thereiore, 
a CP propeller may be more appropriate when maneuver- 
ing is a concern. A gas turbine engine with a free power 
turbine can be applied equally well with a reversing gear 

or a CP propeller. . 

2.7 Engine Module. In most ship applications marine 
gas turbines are enclosed and mounted on an independent 
base. A typical engine module is shown in Fig. lo. ine 
base and enclosure are integral elements of a gas turbine 
module. The engine enclosure minimizes physical damage, 
suppresses engine noise, provides thermal isolation, ana 
acts as a fire-containment system. The enclosure is 
equipped with a fire-detection system and contains cool- 
ing-air passages for the secondary inlet flow around the 
gas turbine and back into the exhaust. An access door 
is provided for on-board maintenance, borne small ana 
special-purpose craft, which have severe space limita- 
tions, do not use enclosures. 
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Section 3 
Accessories 


3- 1 Auxiliary Pumps and Drives. A gas turbine, while 
basically a complete, self-contained power plant, requires 
certain accessories for its operation. In particular: 

• A fuel boost pump is used to provide fuel oil at a 
regulated positive pressure to the fuel injectors or noz- 
zles* The size of the pump is usually determined by engine 
start-up, rather than engine full-power requirements. 

• A lubricating-oil pump is used to provide oil to gears 
and bearings (see Section 8.6 for lubrication system de- 
scription)* 

• A deaerator is used to remove entrained air from 
the lubricating oil. 

• A start motor is used to bring the engine to a self- 
sustaining speed during the engine start sequence* 

• Hydraulic pumps, governors, speed switches, tach- 
ometers, and other engine-driven devices may be required 
for operation of the engine's control system. 

Although the auxiliary pumps could be driven by elec- 
tric motors, the entire set of accessories is normally driven 
by a reduction gear that is connected to the high-pressure 
compressor shaft* The gear is designed for the duty and 
life required of the engine itself and is provided by the 
engine manufacturer as part of the engine* 

3.2 Fuel System. The fuel boost pump has little or no 
suction lift capability; separate arrangements must be 
made to keep the pump suction flooded with fuel oil. This 
is done by the ship's fuel service system, consisting of 
service tanks, pumps, heaters, filter-separators, and inter- 
connecting piping and valves as shown in Fig* 22. The 
heaters warm the fuel oil, if required, to the point that it 
can be efficiently handled by the filter-separators, which 
remove water and contaminants from the fuel oil* The 
fuel boost pump takes suction from the tanks and delivers 
fuel oil to the engine* 

Some fuel service systems have head tanks between the 
filter-separator discharge and the engine module fuel-oi! 
inlet* The tank provides fuel at the required pressure to 


the engine, even in the absence of ship service power to 
drive the fuel service pumps. 

Electric heaters are often provided within the engine 
module. The heaters are thermostatically controlled, and 
set to ensure that fuel within the module does not become 
too cold (and viscous) when the module temperature drops 
(i*e., when the engine is shut down). 

A “final" fuel filter is included in the module, to remove 
contaminants from the fuel delivered to the engine. The 
filter mesh used varies with fuel type; for the diesel fuel 
marine (DFM) used by the U*S. Navy, a 5-fjtm mesh is 
typical. 

Engines that have more than one combustor must have 
provisions for dividing the fuel equally among the com- 
bustors. This is particularly important, since even individ- 
ual nozzle arcs can only reliably meter the airflow to 
within 3 to 4% accuracy, so that a 5% difference in the 
fuel nozzle flow can result in an 8 to 9% variation in 
temperature rise. On a 1000 deg F rise this variation is 80 
to 90 deg F f an amount large enough to affect the life of 
the hot gas path parts. Although various techniques for 
fuel division have been used, the most common solution 
is to use a multiple-section positive-displacement (typically 
gear-type) fuel boost pump, with one section dedicated to 
each combustor* Fuel delivery to each combustor then 
becomes dependent only on the speed of the pump, and not 
on pressure variations caused by differences in individual 
fuel nozzles. 

3.3 Starting Devices. A gas turbine, like other inter- 
nal combustion engines, is not self-s tar ting, and external 
means must be utilized to bring it up to the self-sustaining 
speed. This is the speed from which the rotors can be 
accelerated by the addition of fuel alone, without external 
assistance, and it is usually about 30 to 50% of the gas- 
generatoris full speed. On units with two or more com- 
pressor shafts, only one starting device is used in order 
to maintain the proper airflow' match between the two 
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compressors. The starter is used to accelerate one shaft 
and the induced airflow through the engine accelerates 
the other shaft to the proper speed* 

Starting devices in common use include electric motors, 
air motors operating on compressed air, and small inde- 
pendent gas turbine engines, which must, in turn, have 
their own starting systems. Other starting systems that 
may be considered include hydraulic motors fed from 
high-pressure pumps or accumulator systems, and special 
rotary-type starting motors fed from high-pressure air 
supplies, some of which include the combustion of fuel to 
provide the starting energy. In any case, it is important 
that the starting device have adequate power to reliably 
bring the unit to the self-sustaining speed because a de- 
pendence upon energy from combustion during the criti- 
cal start-up phase could result in excessive temperatures 
at the turbine inlet. That is, the fuel/air ratio during the 
starting cycle should be held dose to normal limits. This 
requires a relatively large energy input from the starting 
device* Since the operating time of the starting device is 
of relatively short duration, the starting device can be 
highly loaded or peak-load rated, particularly if it is an 
electric motor* Starting times range from seconds on a 
very small gas turbine to 1 to 2 minutes on large aircraft- 
type engines. 

Since the starting device is normally required only up 
to about 50% speed, it is usually connected to the turbine 
through a clutch, which allows it to be disconnected during 
normal operation* The simplest, and probably most satis- 
factory, form of clutch is a simple jaw clutch that is mag- 
netically or pneumatically engaged and spring disen- 
gaged. Provisions should be made for rotating the starter 
slowly during engagement to make sure the jaws are fully 
engaged before full torque is applied; otherwise, severe 
damage could result* 

Alternatively, an overrunning clutch could be used, but 
unless the clutch is a self-synchronizing form, such as 
illustrated in Chapter 9, it is susceptible to damage if the 
starting device is energized while the gas turbine is still 
decelerating. The shock load under such conditions can be 
very severe, and few overrunning clutch designs have the 
torque margin to withstand such a load* The clutch should 
also disengage completely at some speed below the mini- 
mum operating speed of the power turbine shaft but 
above the self-sustaining speed of the gas turbine to avoid 
excessive wear on the mechanism* 

3,4 Inlet Air Fitters. Additional items normally consid- 
ered as accessories are inlet air filters and Inlet and ex- 
haust silencers* Pressure drops are of major importance 
in gas turbine operation; therefore, the inlet and exhaust 
gas paths must be designed with careful consideration for 
the economic balance of size and pressure drops. 

Gas turbines require clean air, as otherwise the com- 
pressor will eventually become coated with foreign mat- 
ter, which reduces its capacity and efficiency and results 
in a degradation of the entire engine or, in an extreme 
case, may even cause a compressor blade failure due to 


stall* In marine applications the most Important require- 
ment is to keep salt particles and water, even small drops, 
from entering the compressor* For this reason air inlets 
should be placed as high in the ship as possible and must 
be equipped with effective baffles or eliminators to pre- 
vent the entry of water* Behind the eliminators a demister 
should be installed to coalesce fine (mist) droplets of water 
into larger drops, which are then either drained off or 
blown through to the next stage. The filter system can 
consist of an inertial type separator or, a pad arrangement 
(similar to filter pads) may be used that consists of metal 
or synthetic fibers of controlled size and spacing to effec- 
tively control the size of droplets passed* Multiple stages 
of inertial type separators and pads may be utilized as 
well* If the demister pads are kept wet, even with seawa- 
ter, they are also effective in stopping the ingestion of 
salt and /other foreign particles and thereby serve as a 
filter medium* The type of ship under consideration and 
its above-water profile and height above the waterline 
must be considered when selecting the type of mist elimi- 
nator to be used* 

If the engine room is used as a plenum, oil vapors from 
other equipment can also adversely affect engine per- 
formance* The oil vapor deposits on the compressor blades 
and causes other particles to deposit on the blades which 
reduces the compressor efficiency* 

3.5 Inlet and Exhaust Silencers* A gas turbine, being 
a high-speed machine* generates a relatively large amount 
of noise with a wide frequency spectrum* The sound- 
power level of a given gas turbine design is a function of 
its size or power and is approximately proportional to its 
rating. Most of the noise is generated aerodynamically 
and is related to blade passing frequency and, therefore, 
is in the high-frequency range [17], 

The major sources of the noise radiated to the surround- 
ings are the inlet openings, exhaust openings, and gears. 
However, the entire machine radiates noise; the intensity 
of the noise radiated from the engine is inversely related 
to the casing thickness or, more exactly, to the casing 
mass. Noise radiated from the casing can be reduced and 
controlled by appropriate sound treatment and is usually 
effectively absorbed by the enclosure. 

The airborne noise, in both the inlet and exhaust, can 
be attenuated to almost any required level by the use 
of suitable silencers. In general, the greater the decibel 
reduction in noise level required, the more expensive the 
silencer and the greater the pressure drop. In specifying 
silencer performance, it is important that the sound-pres- 
sure level at the turbine be given in each of the octave 
bands and that the reduction to give the required decibels 
at a predetermined radius be also specified for the same 
octave bands* 

Since the sound attenuation in the surroundings will be 
somewhat directional, the configuration of the inlet and 
exhaust openings and their orientation should be carefully 
chosen. Of course, the sound levels required also depend 
upon the vessel's service (e,g. p cargo, passenger, or naval}* 
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Section 4 
Controls 


4.1 Control System Fu notions. Every gas turbine has 
a control system, which performs two functions: opera- 
tional control and safety control. A third function, moni- 
toring, is often assigned to the control system* On some 
engines, monitoring is separate from control* 1 'Opera- 
tional control” means the adjustment of the engine compo- 
nent parts so that the engine starts and stops when com- 
m and e d , pro d uces th e de s Ir ed o u tp u t p o wer wh il e 
running, and does no damage to itself or its surroundings, 
“Safety control” means the detection of, and initial re- 
sponse to, engine failures. “Monitoring” means the provi- 
sion of information about the condition of the engine. 

4.2 Control System Ho rd ware. Gas turbine control 
systems consist of three types of components: actuators, 
sensors, and logic as shown in Fig. 23. 

Control system actuators (which are sometimes called 
“final control elements”) physically change engine vari- 
ables, such as fuel flow or compressor bleed flow, in re- 
sponse to commands issued by control system logic. Most 
gas turbine actuators are valves of various sorts* Electri- 
cal components, such as igniters and cooling fans, are 
usually actuated by electrical relays* 

Control system sensors measure information about key 
engine variables (temperatures, pressures, positions, etc.) 
and transmit the status data to the control system logic. 

The control system logic generates commands to the 
actuators so that the gas turbine will operate safely and 
as commanded by the turbine operator. 

All three component types (actuators, sensors, and 
logic) can be mechanical, pneumatic, hydraulic, or electri- 
cal/ electronic* The control systems that were used on ear- 
lier gas turbine designs largely consisted of mechanical 



components; however, mechanical components have gen- 
erally been replaced by electronics, including micropro- 
cessors. 

Gas turbine control systems are designed so that they 
can accept commands from remote control systems, such 
as a ship's propulsion or electric plant control system. 
Some turbines also have local control panels, which allow 
a gas turbine operator or maintenance personnel to oper- 
ate the engine from the immediate vicinity of the engine, 

4.3 Operational Control* Gas turbine operational con- 
trol functions can be conveniently divided into those asso- 
ciated with starting, stopping, and running the engine, A 
typical gas turbine start sequence involves the following 
steps: 

* If necessary, the engine is purged of any low-tem- 
perature, high- viscosity fuel remaining in the fuel lines 
(most engines have more restrictive fuel limits for start- 
ing than for running). Purging can be done by recirculat- 
ing the fuel back to the fuel service tank, by draining the 
fuel to the oily-waste system* or by a combination of both. 

* The turbine start motor is engaged and energized, 
causing the spool to begin rotating (on multi-spool en- 
gines, the start motor drives the high-pressure compres- 
sor/high-pressure turbine spool). 

* When the spool is turning fast enough to provide 
an adequate airflow to the combustors, the igniters are 
energized, and the master fuel valve is opened* The engine 
fuel flow control function, operating under a separate 
“engine start” schedule, allows a small amount of fuel 
into the engine* 

* The fuel ignites, and the engine continues to acceler- 
ate under the combined influences of the start motor and 
the burning fuel* The fuel flow control, still operating on 
the start schedule, meters increasing amounts of fuel into 
the combustion chamber. 

* When the spool has reached a self-sustaining speed, 
the igniters are de-energized, and the start motor is de- 
energized and disengaged* 

* The engine accelerates until it reaches idle speed, 
On multi-spool engines, the airflow induced by the rotat- 
ing spool provides the energy to accelerate the remaining 
spools* The fuel flow control transitions from the “engine 
Start” schedule to the “engine run” schedule* 

All gas turbine control systems have an “engine start” 
fuel control schedule similar to that described above. Most 
control systems also include an engine start function, 
which automatically steps the engine through the start 
sequence in response to a single “start” command from 
the engine operator or remote control system* The auto- 
matic start function usually includes provisions for abort- 
ing the start if one or more of the steps takes an unusually 
long time; this is called a “hung start.” Less-sophisticated 
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control systems, which do not have the start function, 
require the operator to control each step* 

Stopping a gas turbine is done by simply closing the 
engine's master fuel valve. Without fuel, the engine decel- 
erates rapidly* Because of the high initial speeds, how- 
ever, spool rotation continues for some time* Generally, 
all components come to a complete stop within five min- 
utes after the fuel supply is cut* 

Extra attention must be paid when shutting down en- 
gines from high power. At high power, both the turbine 
blades and the engine case have experienced significant 
thermal growth* When the engine is shut down, spool 
rotation will continue to draw cooling air through the 
engine core, and engine module cooling air will coo] the 
engine case. Once spool rotation stops, the engine core's 
cooling rate drops. However, the engine module fan will 
continue to run, maintaining engine case cooling. On sec- 
ond generation and later engines (generally, those de- 
signed after 1965), which have tight blade-to-case clear- 
ances, the cooled case can shrink onto the hot turbine 
blades, and make hard contact Once the blades cool and 
shrink sufficiently, the original clearances will be re- 
stored; however, to avoid the problem altogether, engines 
are idled for several minutes before being shut down. 
If idling is impossible, spool rotation is maintained after 
shutdown by “motoring" the engine on the starter* Some 
engine control systems have provisions for both "normal" 
stop (which automatically maintains the engine at idle 
for a fixed period before shutting the engine down) and 
“emergency" stop (which initiates an immediate 
shutdown). 

While a gas turbine is running, only two basic parame- 
ters can be controlled: the flow of fuel, and the flow of air. 
All turbine control systems have a fuel control function; 
however, all do not have air control capabilities. 

The fuel control function regulates the flow of fuel 
into the engine, ensuring that the engine's power output 
matches the power output requested by the engine opera- 
tor or remote control system. Steady power demands, 
therefore, require the fuel control to provide a constant 
fuel flow; but power demands that are not constant re- 
quire a change of fuel flow that closely conforms to the 
power requirement. The most complex portion of the fuel 
control function is involved with making appropriate re* 
spouses to changes in power demands* 

A suddenly increased power demand, for example, re- 
quires a corresponding increase in fuel flow. However, if 
the fuel flow is allowed to increase much faster than the 
airflow, the engine combustion zone temperatures, and 
thus the turbine inlet temperatures, will rise above accept- 
able limits, and the life of the engine will be reduced. Also, 
a rapid increase in the combustion zone temperature is 
accompanied by a corresponding combustion zone pres- 
sure increase* If the combustion zone pressure exceeds 
the compressor discharge pressure, the air will flow back- 
wards through the compressor, causing a compressor 
stall and possible engine damage* 

Similarly, a suddenly decreased power demand requires 
a corresponding rapid decrease in fuel flow. If the fuel 
flow is allowed to decrease much faster than the airflow, 


the excess air can blow out the combustion flame and 
cause an engine flameout. 

The basic purpose of the fuel control function, there- 
fore, is to keep the engine's fuel-air ratio within prescribed 
limits. Restrictive fuel-air ratio limits increase engine 
safety, but decrease engine responsiveness; wide limits 
decrease safety while increasing responsiveness* Limits 
are set in accordance with the engine design. A large 
aircraft-derivative gas turbine, for example, can be com- 
manded to go from idle to full (compressor) power in 7V 2 
seconds. Most fuel control functions estimate airflow by 
sensing the compressor discharge pressure. The fuel con- 
trol function operates both during normal engine opera- 
tion, and during engine start-up* 

There are three basic ways to adjust the gas turbine 
airflow: varying the compressor spool speed, varying the 
engine internal geometry, and bleeding air from the com- 
pressor* Engines, and their control systems, may use any 
combination of these techniques. 

Varying the compressor spool speed is the primary 
means of varying the airflow* However, since the com- 
pressor has considerable inertia, spool speed control is not 
always adequate for transient responses; it is essentially 
limited to adjustment of steady-state conditions. 

Varying the engine internal geometry is normally done 
by providing the engine with variable stator vanes, vari- 
able-area power-turbine nozzles, or both. The vanes adjust 
airflow into the compressor; the nozzles adjust airflow 
into the power turbine. Internal geometry controls can 
respond quickly, and are, therefore, usable for both tran- 
sient and steady-state control. 

Compressor air bleeding is done by providing the engine 
with one or more compressor interstage bleed valves. In 
most cases, the valves are solenoid valves, which can re- 
spond quickly but have only two positions: fully open, or 
fully closed* Interstage bleeding, therefore, is not usable 
for small adjustments to airflow; it is typically used to 
stabilize the compressors during off-design operation, 
such as during engine starts. 

The air-control function regulates airflow, and the fuel- 
control function adjusts fuel in accordance with the fuel- 
air ratio; the two functions are interdependent* Many en- 
gines, therefore, combine the air- and fuel-control func- 
tions into a single function, which controls both parame- 
ters. The fuel-control function typically commands both 
the fuel valve and the variable stator vanes* 

The U.S. Navy uses gas turbines for the generation 
of both electrical and propulsion power* Electrical power 
generators are required to produce power which conforms 
to DOD-STD-1399 Section 300 Type I, which mandates 
constant frequency parameters* Since the electrical power 
frequency is directly proportional to the engine output 
shaft speed, the output shaft's speed must also be con- 
stant. Generator control systems, therefore, employ 
“speed governing," which means fuel flow is adjusted to 
match the engine output power with the connected load 
while maintaining the engine output shaft speed at the 
set value* 
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Propulsion power generation is similar to electrical 
power generation in that the engines are expected to pro- 
duce exactly the power required to keep the propeller 
shaft speed at the value commanded by the bridge* The 
power requirements vary: each time the ship encounters 
a wave peak, the ship's resistance to forward movement 
increases, and the propellers attempt to slow down; each 
time the ship enters a wave trough, the resistance de- 
creases, and the propellers attempt to speed up* If speed 
governing were used in a propulsion application, the en- 
gine power command would cycle each time a wave is 
encountered. Such continuous variations in the engine 
power command is undesired and avoidable* The objective 
of keeping the average ship speed constant can be met by 
keeping the engine output power constant, recognizing 
that the short-term, periodic, wave-induced shaft speed 
changes have little net effect* Control systems that main- 
tain constant engine output power are said to be “power 
governed." All U.S. Navy propulsion gas turbines are 
power governed. Some ships, however, have a speed -gov- 
erned propulsion control system (which converts the 
bridge's shaft speed orders into engine power commands)* 
The combination of the speed-governed propulsion control 
system and the power-governed engines makes the en- 
gines perform as if they were speed governed* 

Operational control also involves two "miscellaneous" 
functions: bieed-air control, and module cooling control. 

Most gas turbines are designed such that air can be 
“bled" from the compressor discharge, and used for pur- 
poses unrelated to the gas turbine. The gas turbine control 
system usually controls the position of the bleed air valve, 
opening and dosing it as commanded by the engine opera- 
tor. Some engines require the bleed air valve to be closed 
during engine start and, occasionally, during low-power 
operation. When required, the bleed control function auto- 
matically closes the bleed air valve, and releases the valve 
for operator or remote control when the engine power has 
reached a sustaining level. 

Most gas turbines are mounted in modules, which are 
enclosures that contain the engine and some of its accesso- 
ries. The modules are equipped with large electric fans, 
which cool the engine and module. Some turbine control 
systems automatically turn these fans on and off de- 
pending on the engine status, module temperature, engine 
power level, and other parameters. 

4.4 Safety Control. Most gas turbine control systems 
have features that protect the engine from excessive 
speeds, excessive temperatures, and lack of lubrication. 
Some systems incorporate other features, including pro- 
tection against excessive vibration and torque, and detec- 
tion of engine flameout, engine icing, and module fires. 

Gas turbine blades are attached to disks, which rotate 
with their spool shafts. If a spool overspeeds, the centrifu- 
gal force exerted by the blades can cause disks to rupture, 
and release the blades. The tremendous kinetic energy of 
the blades can drive them through bulkheads and decks, 
destroying equipment and killing personnel. Therefore, 
the prevention of overspeeding is one of the most impor- 
tant, if not the most important, function performed by 
a gas turbine control system* Usually, two forms of 


overspeed protection are provided: limiting, and shut- 
down. 

Overspeed limiting functions reduce the engine power 
command as required to avoid overspeed: as the danger 
of overspeed increases, the amount of the reduction in- 
creases* Overspeed limiting logic is normally designed to 
keep spool speeds below 103% of their rated value. 

Overspeed shutdown functions simply shut the engine 
down (by closing the master fuel valve) upon detection of 
overspeed. Overspeed shutdown is essentially a backup 
feature, in that an overspeed shutdown should not occur 
unless both the normal engine governing and the 
overspeed limiting functions are unable to control the 
overspeed failure* Overspeed shutdown logic is normally 
designed to 110% of the rated rpm value. The overspeed 
shutdown function is of critical importance and is nor- 
mally designed so that if the hardware used to implement 
the function fails, the engine automatically shuts down. 

Overspeed limiting and shutdown functions are nor- 
mally provided for each turbine spool* The functions pro- 
tect the engine both from overspeeds caused by fuel con- 
trol failures that result in excessive engine power 
commands, and from overspeeds caused by sudden drops 
in engine load (as may occur, for example, when a genera- 
tor breaker trips on overload)* Drop-load protection is par- 
ticularly important on engines that have free turbines, 
since an unloaded free turbine can be driven into 
overspeed at low engine power. The tremendous accelera- 
tion associated with a suddenly unloaded free turbine re- 
quires the overspeed trip circuitry to have a response 
time, and the main fuel valve to have a closing time, that 
is measured in milliseconds* 

Related to, but separate from, over speed limiting is 
torque limiting. It is used only on engines with free tur- 
bines. The only couple between a free turbine and the 
remainder of the engine is the hot gas that flows from 
the gas generator turbine into the free turbine. This loose 
aerodynamic coupling allows high-power airflows to be 
generated at low free-turbine speeds. The combination of 
high airflow and low free-turbine speed results in a high 
free-turbine torque capability, since power increases as 
the airflow increases but a reduced rpm can result in a 
high torque, which can damage torque-sensitive compo- 
nents, In propulsion applications, damaging torques can 
occur during rapid accelerations from low ship speeds, 
and during high-speed turns. Some gas turbine control 
systems automatically reduce the engine power command 
as required to avoid excessive torques. The torque is not 
measured directly; it is computed from measurements of 
free-turbine speed and inlet pressure. The overtorque 
power command reduction is performed in the same way 
the overspeed power reduction is done: the greater the 
risk of overtorque, the greater the power command re- 
duction. 

High torques are not a problem when turbines are used 
to drive electrical generators, since the generators oper- 
ate at relatively high rotational speeds and the power 
turbines are loaded only at rated speed. This avoids the 
excessive torques which could possibly occur during high- 
power, low-speed operation. 
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Overtemperature protection is the second most impor- 
tant safety function, after overspeed protection. In gen- 
eral, gas turbine output power is limited by materials 
considerations: operation at higher-than-rated power pro- 
duces high internal temperatures, which induce rapid fail- 
ure of key turbine components, such as the high-pressure 
turbine. The gas turbine control system, therefore, is re- 
quired to protect the engine from excessive internal tem- 
peratures. As with overspeed, the protection can be by 
limiting, by shutdown, or both. As was noted earlier, tem- 
perature limiting is inherently incorporated into the fuel 
control function. Overtemperature shutdown is a separate 
safety feature which may share some hardware with the 
temperature-limiting function. 

The combustors are the hottest components in a gas 
turbine. Direct measurements of combustion-zone tem- 
peratures, however, are generally not done, because com- 
bustion-zone temperatures would rapidly destroy the 
thermocouples used for temperature measurement. This 
could have highly undesired consequences in that a me- 
chanical failure of a combustion-zone thermocouple would 
cause the airstream to sweep broken thermocouple parts 
through the remainder of the engine, possibly damaging 
expansion-section blades and vanes. Instead, the thermo- 
couples are placed farther downstream in the engine, usu- 
ally just ahead of the towest-pressure turbine. That place- 
ment, while providing adequate thermocouple life, also 
“scales down” the temperature measurement; any over- 
heated air must pass through most of the expansion sec- 
tion of the engine, cooling along the way, before it reaches 
the thermocouples. Also, since the airstream is twisted by 
spool rotation, the location of the hottest portion of the 
airstream, the portion coming from the combustors, will 
vary with spool speed. Airstream temperature, therefore, 
is measured by several thermocouples, spaced around the 
engine so that at least one of them is close to a “hot spot” 
at all times. Small thermocouples are used to measure 
post-combustion airstream temperatures so as to mini- 
mize their mass and increase the responsiveness of the 
post-combustion airstream temperature measurement. 

Overtemperature shutdown functions only protect the 
turbine; it is the only component that is damaged in an 
overtemperature failure. Since a naval ship may be placed 
in a situation where it is necessary to sacrifice the engine 
in order to save the ship, many propulsion gas turbine 
control systems are equipped with a “battle override” 
feature, which disables the overtemperature shutdown 
function. The battle override is set by the engine operator 
during battle conditions and during maneuvering in re- 
stricted waters. 

Most naval gas turbine control systems include a func- 
tion that shuts the engine down when the engine lube-oil 
supply pressure is too low for safe engine operation. The 
function is also usually designed so that it can be disabled 
by a battle-override setting. 

Most naval gas turbine control systems also include 
functions that protect the engine from operation with ex- 
cessive engine vibration. The most complex implementa- 
tion has both a power-reduction feature, which is ener- 
gized in the event of high vibration level, and a shutdown 


feature, which is energized in the event of even higher 
vibration levels. However, some control systems only in- 
clude a shutdown function. Vibration protection functions 
usually have a battle override. 

Some gas turbine controls include a flameout protection 
function. This function automatically shuts the engine 
down if combustion fails during engine operation, thus 
preventing a damaging, explosive “hot relight.” Since the 
presence of flame is not sensed directly, the function uses 
the engine ^temperature measurement to determine if a 
flameout has occurred. Flameout protection does not have 
a battle override. 

Engine modules always include a fire-extinguishing 
system. All module-equipped turbine control systems in- 
clude provisions for actuating the extinguishing system. 
Upon detection of a fire in the module, some systems 
automatically shut the engine down, stop the module cool- 
ing fan, close the module cooling vent, and then release 
the fire-extinguishing agent. 

4.5 Monitoring. Marine gas turbines are generally 
derived from gas turbine designs that are used in aircraft 
applications. In aircraft applications, all control and moni- 
toring functions are performed in the cockpit; there are no 
meters, indicating lights, or other displays on the engine 
itself. In ship applications, the same situation exists: con- 
trol and monitoring are performed away from the engine, 
either from panels in the immediate vicinity of the engine 
module, from a console in the space where the engine is 
located, from a console in the Central Control Station 
or Enclosed Operating Station, or {for propulsion power 
control and monitoring only) from the Ship Control Con- 
sole on the bridge. Although it is physically possible for 
an operator to be in the engine module or room, engine 
noise and heat make it impractical to station a watch 
stander there. 

In order for an operator to effectively start, stop, and 
operate a gas turbine, monitoring information is needed 
that describes the current state of the engine. The re- 
quired data are obtained from sensors mounted on the 
engine, which drive displays located at. each engine control 
location. Some of these sensors, e.g., the engine speed 
sensors, are also used in the operational and safety control 
functions described above; others are used only for moni- 
toring. 

The set of monitoring instrumentation associated with 
each gas turbine design may be unique, but most gas 
turbine monitoring systems include at least the following: 

* An indication of the speed of each spool, along with 
alarms to indicate spool overspeed and overspeed trip. 

* An indication of the post-combustion airstream tem- 
perature, along with alarms to indicate unusually high 
temperatures and overtemperature trip. 

* An indication of the status (opened-dosed') of the 
engine main fuel valve. 

« One or more indications of engine power {in addition 
to the spool speeds discussed above). The actual signals 
chosen vary with the engine; examples of parameters that 
are used include compressor discharge pressure, power- 
turbine inlet pressure, and engine power command. 
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• An indication of the temperature of the air entering 
the engine. Although this temperature can be used to 
indicate the risk of engine icing (see below), it is more 
important for its usefulness in calculating the available 
engine power. The performance of gas turbines is very 
sensitive to ambient conditions, particularly to the ambi- 
ent (that is, engine inlet) air temperature. 

• An indication of the engine lube-oil supply pressure, 
along with alarms to indicate unusually low-pressure and 
low-pressure trip, 

• One or more indications of engine lube-oil tempera- 
ture, along with alarms to indicate unusually high lube- 
oil temperatures. Temperature measurements are usually 
made at the engine lube-oil inlet, to detect an oil-cooler 
failure, and at the oil discharge from key bearings, to 
detect a bearing failure. 


* One or more indications of engine vibration, plus 
alarms to indicate unusually high vibration, and high vi- 
bration trip (if provided). 

■ An indication of the status (opened-closed) of the 
bleed-air valve. 

* An alarm to indicate detection of an engine module 
or engine room fire. 

* An alarm to indicate that potential icing conditions 
exist at the engine inlet. The ingestion of ice or any other 
incompressible substance can cause severe “foreign ob- 
ject” damage inside an engine. The formation of ice on 
the air inlet could also block airflow into the engine caus- 
ing the engine to be “choked.” Icing can be prevented by 
mixing hot engine bleed air with the engine intake air. 
The activation of the icing alarm is an indication that the 
anti-icing system must be energized. 


Section 5 

Compressor Design 


5.1 The Centrifugal Compressor. The compressor is 
one of the three basic components of a simple gas turbine, 
the other two being the turbine and the combustion sys- 
tem. The efficiency of the compressor is an important 
consideration, as is the airflow capacity and the required 
pressure ratio. Mechanical integrity and reliability are 
also very important. 

A centrifugal type of compressor design is frequently 
used on smaller units. A centrifugal compressor is analo- 
gous to a centrifugal pump, and consists of an impeller 
with an axial inlet and essentially radial discharge, with 
passages formed by approximately radial vanes. The im- 
peller is fitted In a easing, which forms the axial entry, 
with a diffuser at the exit to slow down the high radial 
velocity leaving the impeller and convert the kinetic en- 
ergy into a pressure rise. The diffuser is followed by a 
collector to collect the flow from the exit of the diffuser 
and direct it to the combustor or, in some cases, another 
succeeding compressor stage. A typical centrifugal com- 
pressor is showrn as the last stage of compression in the 
gas turbine shown in Fig, 24. 

The performance of a centrifugal compressor can be 
presented in various ways, but the most common is a plot 
of the pressure ratio versus airflow rate at 

the inlet for various rotor tip speeds, such a plot is shown 
in Fig, 25. Lines of constant adiabatic efficiency can then 
be superimposed onto this plot. The compressor perform- 
ance can also be presented as a dimensionless plot by 
expressing the flow as a percentage of design flow, and 
speed as a percentage of design speed. 

The airflow rate at specified conditions may also be 
used as the flow parameter or, to render it more universal, 
it may be expressed as: 

WiunfP&jiTjm) (i) 



where 

W = weight flow, lb/sec 

P { = inlet pressure, psia 

Ti = inlet temperature, deg R 

An important characteristic of all continuous-flow com- 
pressors is the surge line. This is the line representing the 
relation between pressure rise and airflow above which 
operation is unstable. Under these conditions the airflow 
surges or pulsates, often with destructive effects on the 
unit The limit must be determined by test and Is nearly 
always shown on the plot of the compressor's characteris- 
tic performance curve. 

While a centrifugal compressor is simple in construc- 
tion, typically comprising only a single rotor in a casing, 
the achievement of high pressure ratios and high effi- 
ciency is not simple. Since the rotor or impeller imparts 
kinetic energy and some static pressure rise to the fluid, 
the diffuser and scroll, which are the major stationary 
parts, must convert the kinetic energy into potential en- 
ergy in the form of a static pressure rise. Therefore, the 
higher the pressure ratio required, the more important is 
the design and corresponding performance of the dif- 
fuser. 

The forward section of the impeller, usually called the 
inducer, may be separate from or integral with the rest 
of the impeller. In either case, the aerodynamic shape 
of the Inducer is very important insofar as the overall 
efficiency, capacity, pressure rise, and surge performance 
of the machine are concerned. 

a. Centrifugal impeller design. To achieve good 
performance and high efficiency, the detailed aerody- 
namic design of the impeller (rotor) and diffuser is neces- 
sarily based on experience and usually a long development 
period. Many approaches have been taken in designing 
centrifugal compressor impellers. The usual method em- 
ploys a combination of velocity' diagrams at the entrance 
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Fig, 24 Typical gas turbine with an axial/eentrifugal compressor and reverse-flow combustor 



Fig. 25 Typical performance mop for a centrifugal compressor 


and exit which, with the principle of angular momentum, 
lead to an overall design, While refinements permit an 
evaluation of various loss factors, the method does not 
give detailed information regarding the nature of the flow 
in the impeller but does permit the evaluation of general 


effects. It thereby indicates areas in which improvements 
can be anticipated, empirically or analytically. 

The axial thrust generated by the pressure differential 
across the rotor disk can be reduced by balance holes to 
the back, or low-pressure side of the impeller, to create 
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Fig. 26 Types of diffusers 


an opposing pressure gradient. The thrust of a double- 
flow impeller, where the flow enters at the center of a 
compressor and symmetrically flows to each end, is inher- 
ently balanced. 

The use of pre-swirl guide vanes, with rotation, reduces 
the inlet relative Mach number but also reduces the work 
input for a given tip speed. This design approach allows 
higher tip speeds, so higher pressure ratios can be ob- 
tained in this manner. 

b. Diffuser design. The diffuser used with a centrif- 
ugal compressor plays an important part in the determina- 
tion of the overall performance and efficiency of the com- 
pressor. However, the design of the diffusing section of 
the machine is usually dictated by space and configuration 
limitations as well as by aerodynamic considerations. 

Diffusers can be classified as vaneless annular, vaned 
annular, or scroll as shown in Fig. 26. These fundamental 
types may be used separately or in combination. An annu- 
lar diffuser may have a vaneless section preceding or 
following a vaned section, and a scroll may be used as a 
secondary diffuser after either of the annular types, or a 
combination. 


Scroll diffusers are used, either alone or in combination 
with radial diffusers, where the air leaving the compres- 
sor must be collected in a duct and redirected. One ar- 
rangement is a single scroll wrapped around the compres- 
sor periphery. The air velocity may be diffused in the 
scroll, or after it, or the scroll may be combined with a 
vaned or vaneless diffuser which precedes it 

In comparing diffusers, a scroll diffuser will usually 
accomplish a given amount of diffusion in a smaller radius 
ratio than needed for a vaned or vaneless diffuser. They 
are apparently not as efficient as comparable vaned dif- 
fusers, but tests have shown that a 20dn. vaneless dif- 
fuser and scroll has approximately the same performance 
as a 34-in, vaneless diffuser and collector ring and better 
performance than a 17-in, vaned diffuser and collector 
ring [18]. 

One further point to emphasize is that the overall com- 
pressor performance depends not only upon the perform- 
ance of the individual components {impeller and diffuser), 
but upon interactions between them. If they peak to- 
gether, the compressor will have a higher maximum effi- 
ciency, but a sharper drop-off at off-design conditions 
than if they are slightly mismatched. Also, since the flow 
from the impeller is unsteady, with peak-to-peak varia- 
tions of 10 to 30% of the mean velocity and corresponding 
changes in airflow direction, the performance of a vaned 
diffuser will be adversely affected by unsteady effects. 

c. Rotor design and stress analysis. At the pressure 
ratios commonly used in gas turbines, the tip speed of the 
impeller in a centrifugal compressor must be high (1800 
to 2100 fps), resulting in high rotor centrifugal stresses. 
Steel rotors are sometimes used, particularly for very 
high pressure ratios, or where a centrifugal compressor 



Fig. 27 Gas turbine with axial compressor 
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is used for the final stage of compression and discharge 
temperatures are high. Titanium is also an excellent mate- 
rial for compressor rotors due to its high strength/ weight 
ratio. In many applications a high-strength aluminum 
alloy may be used, either forged and machined, cast in 
plaster molds, or cast by investment casting techniques. 

Since stresses are high, their accurate calculation is 
important, and the rotor profile must be accurately deter- 
mined to keep the stresses, particularly the radial stresses 
at the center, within limits. 

One way to calculate rotor stresses is by the use of 
the Manson method, using a density correction factor to 
account for the radial load of the vanes [19,20]. The Man- 
son method was developed for the analysis of symmetrical 


disks and has commonly been used for the design of axial* 
flow compressors and turbines. However, this method ne- 
glects stress variations in an axial direction. Finite-ele- 
ment analysis methods are a more versatile means of 
calculating the stresses in all parts of a compressor and 
may be used regardless of how the stresses are generated. 

5.2 The AxigJ-Elow Compressor. In an axial- flow com- 
pressor, the flow is in an axial direction, in the annular 
space occupied by the blades, between the stationary 
outer casing and the rotor. The flow path is made up of a 
series of stages, with each stage comprising a row of 
rotating blades and a row of stationary vanes (stators); 
each stage contributes to the overall pressure rise and 
corresponding pressure ratio. In addition, there is usually 
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a set of stationary inlet guide vanes to direct the flow into 
the first rotor row, and frequently there are one or more 
rows of stationary exit guide vanes that serve to deceler- 
ate the discharge flow and convert the velocity head leav- 
ing the last stage to a static pressure rise. The number of 
stages varies from about 6 to as many as 20 or more, 
depending upon the overall pressure ratio and aerody- 
namic characteristics of the blading. Typical axial-flow 
compressors are shown in Figs. 7, 8 and 27. A performance 
map for a typical axial-flow compressor is shown by Fig. 
28. 

a. Blading design. The aerodynamic design of an 
axial-flow compressor is based fundamentally upon veloc- 
ity diagrams for the rotors and stators coupled with the 
airfoil characteristics or, commonly, the cascade perform- 
ance of the individual blade rows, 

An important consideration in the design of axial-com- 
pressor blading is that of blade loading. Early data on 
low-speed cascades [21] were extended by later National 
Advisory Committee for Aeronautics (NACA) programs, 
including information on blade sections operating at 
higher Mach numbers and higher blade-setting angles 
[22-24]. From the early data, Lieblein and others devel- 
oped a diffusion parameter that is frequently used as a 
blade loading limit [25]. 

In older gas turbines the rotor and stator airfoil sections 
were commonly a NACA-65 section or the English C-4 or 
07 section. The length of the blades is set to give the 
design axial velocity at a particular location. Later designs 
utilize diffusion controlled airfoil shapes to further in- 
crease the aerodynamic performance of the compressor. 

A compressor is designed with a decreasing annulus 
area with the maximum flow path area at the inlet where 
the air density is lowest to a minimum flow path area at 
the discharge where the air density is highest. To optimize 
performance, compressor airfoil paths are often designed 
with a constant mean diameter configuration. This is ac- 
complished by decreasing the tip diameter and increasing 
the root diameter of succeeding stages from the inlet end 
to the discharge end. However, some older designs had 
constant blade-tip diameter or constant hub diameter con- 
figurations. 

The thickness of the airfoil sections is chosen to meet 
vibration criteria while maintaining good aerodynamic 
performance. The blade chord must then be sufficient to 
maintain the blade bending stresses at an acceptable level 
to insure freedom from fatigue failures, Sample blades 
are commonly constructed and their natural frequencies 
checked for all the lower modes and, if necessary, tuned 
by changing the thickness to avoid resonances at running 
speeds as shown by a Campbell diagram [26]. Even this 
cannot give positive assurance that all resonances are 
avoided, particularly in variable-speed units. Even con- 
stant-speed units must often pass through resonant 
speeds when starting up and shutting down. 

The allowable blade bending stress chosen depends 
upon the material and experience. Generally the use of 
steel, titanium, or high -strength aluminum is necessary 
to satisfy requirements for strength, corrosion resistance, 
and foreign-object damage resistance. 



Fig. 29 Methods of securing blades to rotor 


A blade is commonly attached to the rotor by an en- 
larged section or root in the form of a dovetail or fir tree 
as shown in Fig. 29. Other forms of attachment such as a 
bulb root, cylindrical root, and bolted attachment have 
also been used. The dovetail and fir-tree sections must be 
accurately manufactured, and good fits in the rotor slots 
are essential; axial rotor slots are commonly broached, 
whereas circumferential grooves are machined in a lathe. 

The stresses in the dovetail comprise shearing stresses 
and crushing or compressive stresses. The total load on 
the dovetail is determined by adding the centrifugal force 
due to the blade and that of the dovetail itself. The shear 
and crushing stresses are then calculated by applying 
this total load to the geometrically determined areas. The 
dovetail neck shear stress at maximum speed should be 
less than 80% of the minimum yield stress of the material. 

In the layout of the blade sections, the sections are 
usually radially stacked so that a line through the 
centroids of the sections is a straight line that is either 
radial or with a slight inclination to compensate for the 
aerodynamic bending moments. 

b, Botor design. Many compressors have a rotor 
that is made up of a series of individual disks. The individ- 
ual disks are held together by a central bolt or series of 
bolts at an intermediate radius. In either case, the bolts 
are prestressed at assembly so that the total bolt load is 
sufficient to keep the disks from separating under the 
highest bending moment that is likely to be imposed on 
the rotor. 

The individual disks are usually contoured to give an 
approximately constant radial stress in the wheel. Various 
methods may be used for the calculation of the wheel 
stresses, including the centrifugal loading of the blades, 
but the one most commonly used is finite-element analy- 
sis. The average tangential stress is of particular signifi- 
cance, since, for the ductile materials usually chosen, it 
is generally considered that the wheel bursting speed is 
reached when this stress exceeds a value in the range of 
85 to 100% of the ultimate strength of material. Typical 
stress distribution curves for a compressor wheel are 
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Fig. 30 Stress distribution in o typical o#ia! flow compressor disk 


given in Fig, 30, This is a wheel with a central hole, and 
the tangential stress at the bore is quite high, approaching 
twice the stress in the center of a solid disk. 

Compressors have been built with drum rotors, similar 
to some steam turbine rotors, and solid rotors (biisks) 
have been designed, although actual applications are rare. 
Stresses in drum rotors are usually based on unsupported 
ring theory, and are appreciably higher than for individual 
disks for the same peripheral speeds. Consequently, they 
are used only in compressors with low blade speeds and 
a large number of stages for a given overall pressure 
ratio. Such designs can be classed as very conservative. 

c. Stator design. Stator blades are not subject to the 
centrifugal stress that rotor blades experience; therefore, 
their mechanical design and aerodynamic design are not 
as limited, Nevertheless, bending stresses due to aerody- 
namic loading must be calculated and kept to conservative 
values to allow for unknown vibratory stresses. Blade 
vibration modes and freqxiencies must be estimated for a 
preliminary design, and checked for sample blades, so as 
to avoid lower-order resonances within the normal run- 
ning speed range. There is, of course, no stiffening effect 
due to centrifugal forces as there is for rotor blades. 

The method of attachment is usually more simple than 
that of rotor blades, frequently using a T-slot root or ttp 
attachment. Blades may be mounted either directly in 
slots that are machined in the casing, mounted in separate 
blade rings by T-slot attachments, or brazed into the rings. 
The rings are made in two or more segments, which are 
then slid into grooves machined in the casings. 

Some compressor designs use variable-angle stator 
blades in one or more rows so that the blade angles can be 
adjusted to match the operating conditions, particularly 
during starting. In such cases, the blades have cylindrical 



Fig. 31 Variable>angW stator blades- with an external contra! mechanism 


shanks that extend radially outward through holes in a 
casing. Levers are attached to the outer ends, which are 
linked together, so that all stators in one or more rows 
can be adjusted simultaneously by an external control 
mechanism as shown in Fig. 31. 

d. Casing design. The compressor casing must be 
designed to hold the stator blades or stator blade rings 
and contain the pressures developed in the various stages. 
The casing must also be designed to contain fragments of 
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the engine or foreign objects in the event of mechanical 
failures, such as blades breaking off. Smaller machines 
are frequently made with a one-piece casing, the rotor and 
stator blade rings being assembled external to the casing 
and then assembled endwise into the casing as a unit. The 
compressor casing is then assembled to an air inlet casing 
and a discharge diffuser that locate and restrain the blade 
rings endwise. This design has the advantage of freedom 
from distortion of the casing, due to its symmetry, so that 
closer tip clearances over the blading can be maintained 
in operation. It is also somewhat lighter. 

Larger units commonly have the compressor casing 
Split on the horizontal centerline, with each half con- 
taining half the stator blades. The two halves are bolted 


together with a horizontal flange. The horizontal flanges 
must be designed to transmit the circumferential hoop 
stress, due to the internal pressure, across the joint with- 
out leaking. The joint itself is always made with a metal* 
to-metal contact, and the joint is carefully finished to avoid 
leakage. The design of the flange and "bolting is usually 
based on experiments as well as stress analyses £27% 

5,3 Other Compressor Types and Combinations. Other 
types of compressors have, from time to time, been pro- 
posed for application to a gas turbine cycle. In all cases 
they incorporate a combination of axial and centrifugal 
stages with the final stage, or stages, being of the centri- 
fugal type. 


Section 6 

Turbine Design and Construction 


6.1 Types of Turbines. The turbine converts the ther- 
mal energy in the hot, high-pressure gas stream into me- 
chanical work. Part of the work output produced goes into 
driving the compressor (or compressors), and the remain- 
der is available as useful shaft work. The turbine may be 
of only one stage, or many stages. A stage is a combina- 
tion of a single stationary and a single rotating element 
that is arranged to absorb the energy 7 released in a single 
expansion between two pressure levels. The stages all 
may be on a single shaft, or on two or more shafts. 

Turbines are generally of the axial-flow type, although 
on occasions engines have used radial-flow turbines. Gas 
turbines generally have reaction type axial-flow stages 
unlike the axial-flow impulse type of the steam turbine. 
The axial- flow stages are designed with a varying reaction 
from the root to the tip to give the optimum airfoil shape. 

Axial-flow turbine design practice can utilize a small 
number of highly loaded stages or a larger number of 
lightly loaded stages. Turbines with highly loaded stages 
generally have one stage versus two or more stages for 
a lightly loaded stage design. Turbines with lightly loaded 
stages tend to be more efficient than those with highly 
loaded stages; however sophisticated design techniques, 
such as three-dimensional flow analysis, have led to im- 
proved blading and nozzle designs that minimize shock 
losses due to high velocities and have led to efficiencies 
in highly loaded turbines approximately matching effi- 
ciencies in lightly loaded turbines. A highly loaded stage 
turbine is the preferred design because of its size and 
weight advantage over a comparable turbine with lightly 
loaded stages. Highly loaded stages imply high velocities 
(often above sonic velocity) and these designs emphasize 
the aerodynamic details of the nozzle and blade profiles 
to minimize shock and end wall losses. 

6.2 Aerodynamic Design. Gas turbines can be de- 
signed with either of two types of turbines, radial flow or 
axial flow. Axial-flow turbines are commonly used for 
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Fig. 32 Axial -flow turbine velocity diagrams 


larger engines specifically because of their higher adia- 
batic efficiency at higher specific speeds. The selection of 
an axial-flow turbine for larger engines is dictated also by 
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Fig. 33 Axial -flow turbine stage r*v*rsible adiabatic efficiency 


influences of overall size (i.e., Reynolds number, weight, 
manufacturing considerations, and detail design). In 
larger-diameter, higher flow-rate machines, radial-flow 
turbines weigh too much to be considered in aviation appli- 
cations. Radial-flow turbines are seldom used for the 
larger marine engines and will, therefore, not be dis- 
cussed further. 

A typical diagram for a so-called impulse stage (i.e., 
no pressure drop or corresponding conversion to velocity 
energy in the rotor blade passage) is shown in Fig. 32(a). 
A similar diagram for a reaction stage, in which part of 
the pressure drop and conversion to velocity energy does 
occur in the rotor blade, is shown in Fig. 32 (b). A stage 
will vary in the amount of reaction with the velocity ratio, 
U/C lt that is, the ratio of the rotor circumferential veloc- 
ity to the nozzle exit velocity, which represents the total 
available energy to the stage. 

The prediction of the stage and overall turbine perform- 
ance can be considered an integral part of the design. For 
a given design, the flow capacity is predetermined from 
the design calculations within rather narrow limits. The 
efficiency varies with the velocity ratio and the total-to- 
statie pressure ratio as shown by the typical curves of 
Fig. 33. The reversible adiabatic efficiency as used in Fig. 
33 is defined as the ratio of the work developed by the 
turbine to the theoretical work available when expanding 
from the initial total pressure to the final total pressure, 
pie total pressure equals the static pressure plus the total 
head corresponding to the absolute gas velocity leaving 
the stage. 

Stages designed with a high degree of reaction have a 
flatter efficiency curve when plotted versus velocity ratio 
than those of an impulse design. The actual level of effi> 
ciency is determined by the details of a design. Nozzle and" 
rotor blade profiles, root and tip endwall overlaps, rotor 
blade tip clearance, etc., each have an effect on efficiency. 

There are probably as many techniques that can be 
used to predict stage performance as there are turbine 
manufacturers. Irrespective of the method used, however, 
the following general types of losses characteristic of 
turbines should be evaluated: 


1. Friction losses on all gas-path surfaces. This may 
be assessed by using an “effective” drag or surface 
friction coefficient. 

2. Flow separation and mixing losses that result from 
excessive trailing edge thickness, diffusing in- 
terstage passages, and divergence of endwalls in 
vanes and blades. 

3. Leakage losses such as nozzle seal leakages, disk 
leakage into flowpath, and blade tip-clearance 
leakage. 

4. Shock and attendant high Mach number losses that 
may occur from the nozzle throat up to the blade 
entrance. 

The following possible sources of losses probably can- 
not be evaluated directly. 

1. Non -steady- state effects that may produce a noz- 
zle/blade “interference” loss. 

2. Non-uniformity of nozzle exit stream within the 
nozzle pitch, 

bignilicant flow separation from nozzle or blade 
profiles due to either a poor profile design or an 
excessively low solidity (wide airfoil spacing). 

6.3 Nozzle Design and Co nst ruction. The turbine noz- 
zles form the stationary elements in the flow path of the 
turbine. The velocity of the stream is accelerated in the 
nozzle by the release of available energy. 

Nozzles are usually constructed using castings to form 
the airfoil shape with the endwall segments on either end. 

The material of the nozzles can be any of the commonly 
used high-temperatures alloys, depending upon the design 
inlet temperature and, to some extent, on the fuel used. 
For fabricated construction various Inconels such as 706 
or 718 are suitable, while for cast construction X-40, Rene’ 
80 and Rene 1 2 77 or similar alloys are commonly used [28], 

In an axial-flow turbine, the nozzles are formed into an 
annular ring and serve to turn the flow from an essentially 
axial direction to that required by the blade entrance con- 
ditions. The actual physical arrangement of the nozzles 
can take many forms, A nozzle must be supported within 
the turbine casing and held against the pressure forces 
due to the pressure drop across the nozzle; at the same 
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time it must be free to expand with temperature changes. 
In large units operating at high inlet temperatures, the 
nozzle assembly may expand over an inch on the diameter 
between cold conditions and operating temperature. To 
allow for this expansion, and still keep the nozzles concen- 
tric with the rotor axis and with a minimum amount of 
leakage, requires skillful detail design. Nozzles of one- 
piece cast or welded construction require slots or cuts in 
the inner or outer wall to allow for differential expansion* 
For best performance these slots should be sealed against 
leakage. 

In the case of multistage machines with rotors made up 
of individual wheels, the intermediate nozzles usually are 
built with a diaphragm, either integral with the inner wall 
or mechanically attached to allow for differential expan- 
sion* The diaphragm extends to the hub of the wheel and 
carries some form of labyrinth seal to control the leakage 
of gas along the hub or shaft. 

In the case of two-shaft machines* which are usually 
constructed with the gas generator turbine and the power 
turbine separate but with a common axis of rotation, the 
nozzle for the power turbine can be of either fixed or 
variable area. The fixed-area nozzle is constructed the 
same as other intermediate nozzles, except that the dia- 
phragm portion is usually solid as it normally does not 
encircle a shaft. For greater operating flexibility, the 
power turbine can be built with variable-angle nozzles in 
the first and perhaps the second stage to give a variable 
area; in this way the energy distribution and hence the 
relative speeds between the gas-generator turbine and 
the power turbine can be varied by the control system* 
The advantages of this arrangement are discussed in Sec- 
tion 1*3* 

The selection of nozzle materials depends upon the op- 
erating temperature, and consideration must be given to 
the fuel used* since some elements in the fuel can cause 
rapid corrosion or intergranular attack of otherwise suit- 
able materials. 

For long-term operation at high turbine-inlet tempera- 
tures (i.e*, 2000 to 3000 F or more) some form of nozzle 
cooling is required to keep metal temperatures below the 
peak gas temperatures so as to prevent rapid deteriora- 
tion of nozzle materials. The simplest and most commonly 
used method is air cooling by means of internal passages 
that are cast into the nozzles. A typical arrangement is 
one in which high-pressure cooling air is passed through 
a fabricated core, with a cast shell forming the partitions, 
and is bled into the gas stream through holes in the lead- 
ing edge and near the trailing edge to keep the thin edge 
cool, as shown in Fig, 34. 

6*4 Rotor Design* In an axial-flow turbine, the blades 
are usually attached to the wheel or rotor mechanically 
by what is commonly known as a “fir tree” or “dovetail” 
attachment. Rut sometimes on smaller units the blades 
are attached to the rotor by welding, or even cast inte- 
grally with the wheel. 

Good blade design is a difficult and complex process. 
Not only must the aerodynamic conditions be satisfied as 
to entrance and exit angles and passage shapes, but 


equally important the airfoil section must have centrifu- 
gal and bending stresses below the allowable limits for 
the material and service involved. There must also be no 
vibration modes, of any significance, that are resonant to 
stimuli in the operating speed range. The blade design is 
by necessity a process of design compromises* 

The final design of a blade and its attachment entails 
plotting the calculated or measured vibration frequencies 
on a Campbell diagram to determine possible resonances 
[26]* It is generally considered advisable to keep the three 
fundamental frequencies from coinciding with passing 
frequencies of combustion chambers, nozzles, struts, and 
rotors, etc* above 50% speed, First-to-third-order frequen- 
cies are also to be avoided at running speed. Even at best 
all stimuli cannot be avoided, therefore some manufactur- 
ers incorporate tip dampening in long blades or special 
root dampening devices in short ones. Interlocking, inte- 
gral shrouds, which are practical with precision cast 
blades, can also be used to control vibration. 

With the airfoil sections determined, their properties at 
various radii can be calculated (i.e*, section areas, section 
moduli, and centers of gravity). The areas can then be 
used to calculate the centrifugal stresses along the airfoil 
section, and the section moduli in combination with the 
gas bending forces are used to determine the bending 
stresses* Usually the sections are “stacked” with respect 
to their centers of gravity so that the centrifugal forces 
create a moment that offsets the gas bending moment 
and reduces the stresses in the leading and trailing edges* 

The root attachment, frequently called the dovetail or 
fir tree, must carry the centrifugal loading of the airfoil 
section plus that of the platform and the dovetail or fir 
tree itself into the wheel. This must be accomplished with- 
out exceeding the allowable stresses in the dovetail or fir 
tree or the associated wheel rim sections. Frequently, the 
blade material and the wheel material are not the same, 
so that the allowable stresses in the parts differ even 
though the temperatures are generally assumed the 
same. Stresses in both parts must, therefore, be checked* 
An extended or “long-shank” blade design may be used 
to reduce the temperature at the dovetail or fir tree by 
the temperature drop in the shank. 

To attain the required aerodynamic shape within allow- 
able stress limits, temperature limits, and vibration char- 
acteristics, the airfoils are usually cast with hollow inter- 
nal cooling passages. These passages may be used to 
direct cooling flow through multi-pass cooling schemes 
and out through leading edge and trailing edge cooling 
holes as shown in Fig. 35. 

There is a wide range of blade materials available, the 
choice depends upon the temperature level and consider- 
ation for the effect of the fuel used. Both nickel- based 
and cobalt-based alloys are used for both cast and forged 
blades. As turbine inlet temperatures and stresses in- 
crease, high-strength nickel-based alloys such as Rene’ 
80 (R80) are used as are equiaxed grain structures and 
directionally solidified materials, for example, DSR80. 
Diffused aluminum coatings are often used to increase 
the hot corrosion life of nickel-based alloys. For lower- 
temperature applications, as in last stages, Rene’ 77, 
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Rg, 35 Multi-pass cooling sc hem* of airfoil 


Rene* 41 1 and Waspalloy materials have been very suc- 
cessful within their temperature limitations. 

Most gas turbine blades are unshrouded in the gas- 
generator section. Leakage past the tips of the blades js 
limited by maintaining closely controlled clearances be- 
tween the tips of the blades and the stationary endwall in 
the turbine casing. Power turbines, which operate at 
lower temperatures, often use shrouded blades to reduce 
tip leakage and to provide vibration damping. Several ra- 
dial knife-edge seals may be added on the cover of a 
shrouded blade to improve the efficiency of the stage. 

Smaller rotors are usually held together by a single 
central bolt, with the axial location of the individual 


wheels maintained by dowels or couplings. With large 
rotors, a single central bolt becomes impractical; there- 
fore, a multiplicity of smaller bolts at an intermediate 
radius is usually used. In either case, the bolt or bolts 
are stressed to a point where the resulting preload will 
positively prevent the wheels from separating under all 
normal operating conditions. Dynamically, the rotor then 
acts as a solid or one-piece rotor, and calculations such as 
that for critical speed can be made on the basis of the 
section inertia of the rotor at the contacting points, or 
lands, between the wheels. The tensile load in the bolts 
is usually checked at assembly by measuring the actual 
stretch or elongation of the bolts as torque is applied to 
the nuts. For very large rotors, the bolts may be stretched 
hydraulically, the nuts seated, and the elongation checked 
after the hydraulic load is released. 

The centrifugal load of the complete blade (airfoil, plat- 
form, shank, and dovetail), plus the interrupted portion of 
the wheel rim between the dovetail slots, is carried by the 
wheel disk. This loading can be represented as a distrib- 
uted load around the wheel circumference. The stresses 
in the wheel disk are usually calculated by the finite- 
element analysis method. However, in turbine wheels the 
thermal stresses are of considerably greater magnitude 
and must be accurately assessed. Methods of calculating 
heat transfer from a rotating disk are given by Kreith 
and Taylor [29] and a method for calculating stress in 
disks subjected to creep is given by Wahl [SO], It should 
be pointed out that for turbines used in marine service, 
stress levels should be based on long-time operation and 
creep must be considered. 

The large thermal growth of the nozzles due to their 
high temperature and the thermal and elastic growth of 
the rotor wheels make it difficult to ensure the desired 
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overlap of the nozzles and blades at the root of the gas 
path under all conditions. A uniform overlap around the 
circumference is particularly difficult to maintain. 

The critical speeds of the rotors must be carefully calcu- 
lated to avoid resonance at normal running speeds. These 
calculations are usually based on the traditional Rayleigh 


method, taking bearing flexibilities into account. While 
exact bearing flexibility is rarely known, a range of values 
usually can be estimated from experience so that mean- 
ingful values of actual running critical speeds can be de- 
termined. Critical speeds calculated on the assumption of 
rigid bearings are inaccurate and of little significance. 


Section 7 

Combustion Systems 


7.1 Combustion Chamber Configurations, The term 
“gas turbine' 1 is a contraction of the more explicit term 
“combustion gas turbine,” and the process of combustion 
is an important part of the gas turbine system. A gas 
turbine is basically an internal-combustion engine as the 
combustion, which releases the energy in the cycle, takes 
place inside the machine. In gas turbines, combustion is a 
continuous process, unlike the intermittent process that 
takes place in a reciprocating engine. The combustion also 
takes place in a very confined space, in contrast to most 
other continuous-process combustion systems, such as the 
furnace of a conventional boiler. The resulting continuous 
high rates of heat release make good combustion and 
cooling of the combustion chamber major design consider- 
ations, These areas of concern have been successfully 
dealt with in a number of ways. 

Combustion chamber design is as much an art as science 
and, perhaps for that reason, a wide variety of configura- 
tions is used for gas turbines. In some cases the design 
is dictated more by the experience and practice of the 
manufacturer than the inherent advantages of a particu- 
lar design. 

Combustion systems are generally built as an integral 
part of the unit and are combined structurally with the 
compressor and turbine. Two basic types of combustion 
systems are used; the annular, as illustrated by Fig. 36, 
and the can-annular, as illustrated by Fig. 7, The annular 
combustion system consists of liners in the form of an 
inner and outer cylinder, with a half-doughnut-shaped 
dome at the inlet, and a downstream end that merges 
directly into the first-stage turbine nozzle. Combustion 
takes place in the annular space between the two liners. 
The can-annular combustion system consists of a number 
of individual liners in the form of cylinders or “cans” that 


are located in an annular space between an inner and 
outer combustor casing. Each of the cans has a dome end 
through which air is introduced and flows along the liner, 
gradually passing through the mixing and cooling holes, 
until, at the turbine end, it is all inside the liner from which 
it passes out as hot gas to the turbine nozzle. 

Another arrangement of the foregoing combustion sys- 
tems is a “reverse flow” combustor where the direction 
of airflow through the combustor can vary from greater 
than 90 deg relative to the centerline of the engine to a 
combined total turn angle of 270 deg. This is accomplished 
by the physical design of the combustion chamber and 
liner. This arrangement is used to more readily accept air 
from a recuperator or to limit the overall length of the 
engine without affecting the efficient burning and mixing 
of the gases within the burner. An example of a reverse- 
flow combustor is shown by Fig, 24. 

7.2 Design Parameters. While the design of a combus- 
tion system depends largely upon a combination of skill 
and trial-and-error, certain design parameters have been 
established that can form the basis for a design. However, 
these parameters can only be given as ranges in which 
successful designs of combustion systems fall. 

The most basic design criteria are the heat release in 
terms of Btu/hr-ft 2 -atm or Btu/hr-ft 3 -atm. Sometimes 
comparison is made without correcting for the operating 
pressure in atmospheres. Usually, the pressure is taken 
as atmospheres to the 1.8 power, that is: 


- Btu/hr-ft 3 -atm LS 

(5) 

= Btu/hr-ft 2 -atm ls 

(6) 


Values per cubic foot-atmosphere range from 1 to 10 x 
10 6 Btu/hr while, if the pressure is taken as atm 1 s , values 
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of the heat release, /, range from about 0,5, or less, to 5 
X 10 fi Btu/hr. Typical values per square foot-atmosphere 
of flow area inside the liner are approximately 4 X 10 fi 
Btu/hr, 

In small chambers, the radiant heat flux is in the range 
of 80,000 Btu/hr-ft 2 , which increases with the size of the 
chamber due to the greater thickness of the body of radi- 
ating flame. It also increases with the luminosity of the 
flame. Liquid fuels, in general, give a more luminous 
flame than gaseous fuels; the heavy oils, particularly the 
residuals known as Bunker C, produce highly luminous 
flames. The result is that large single combustors in- 
tended to burn heavy oils are designed for rather low 
rates of heat release compared to the small individual 
chambers used in engines intended to burn lighter fuels. 

Most combustion chambers are designed so that a small 
amount of primary air is admitted, usually with some 
swirl velocity, at the upstream end of the chamber in what 
is usually called the dome. In the dome the air is mixed 
with the fuel, which then bums nearly stoichiometrically 
at temperatures of 3,000 to 3,500 F. The quantity of air 
admitted in the primary zone may give up to 20 to 30% 
excess air at that point Of the remaining air, part is used 
for cooling the liner {perhaps 15 to 30% of the total air) 
and the balance is injected through mixing or dilution 
holes to thoroughly mix with the products of combustion 
and reduce the average temperature to the allow- able tur- 
bine inlet temperature. The overall fuel/ air ratio ranges 
from perhaps 0,005 to 0.020 depending upon the operating 
cycle and the toad on the unit. 

Both the dilution air and the cooling air perform impor- 
tant functions; one is to give as near as possible the de- 
sired temperature profile at the turbine inlet. Another is 
to keep the metal walls of the liner below the allowable 
temperature limits for the material. It is the balance of 
these two flows, with proper mixing in the primary zone, 
that results in a successful combustion chamber design. 
Advancements that have been made in computational 
fluid dynamics modeling have greatly improved the de- 
sign techniques for combustors. 

Flow velocities, based on the combustor cross section, 
at the combustor inlet temperature and pressure, range 
from 15 to 20 fps to 100 to 120 fps in some small compact 
designs. Annulus velocities (around the liner) run from 30 
to 250 fps or higher, with the velocities held as low as the 
space allows to keep the flow distribution irregularities 
into the liner to a minimum. 

With the complicated aerodynamic conditions in the 
combustion system, trial- and-error methods, sometimes 
involving rather long and expensive experimental pro- 
grams, are required to develop a fully satisfactory design. 
The use of flow models, particularly water flow models, 
to help visualize the flow reduces the development time 
considerably. 

Combustion efficiency in a gas turbine is normally so 
high (97% or more) that the actual efficiency is difficult to 
measure. Even considerable smoke and carbon formation, 
otherwise very undesirable traits in a combustion cham- 
ber, do not reduce the combustion efficiency appreciably. 


7.3 Design Objectives. The physical configuration of 
representative combustion systems and the more impor- 
tant parameters used in their design have been described, 
but specific design objectives have not been discussed. In 
addition to the obvious primary objective of burning the 
required amount of fuel, the objectives in combustion 
chamber design, not necessarily in order of importance, 
may be listed as: 

1. Effective release of chemical energy by the combus- 
tion of fuel within highly confined spaces. 

2. Stable operation over a wide range of fuel/air 
ratios. 

3. Minimum pressure drop compatible with the other 
requirements. 

4. A controlled temperature distribution at the turbine 
inlet/ 

5. Short flame length to prevent discharging flames 
into the turbine. 

6. Clean burning of fuel, with negligible smoke and 
no carbon formation under all operating conditions, 

7. Dependable, straightforward ignition to give reli- 
able starting and restart capability. 

8. Durable components with low maintenance. 

The accomplishment of these objectives entails compro- 
mises. Smoke-free combustion is generally in conflict with 
lean-limit stability. Similarly, a low pressure loss and 
short flame length are difficult to attain simultaneously. 

The aerodynamic processes in a combustion system 
present a most difficult set of design problems. The provi- 
sions for the interaction of fuel and air by recirculation in 
the primary zone to provide the correct spatial arrange- 
ment of the reactants, the necessary flame stability, the 
necessary mixing and dilution downstream to give the 
required temperature distribution at the combustor exit, 
the maintenance of metal parts at proper operating tem- 
peratures, and the low pressure drop requirements com- 
bine to present a complex design challenge. 

7.4 Mechanical Details and Construction. Structur- 
ally, a gas turbine combustion system is rather simple, 
but the design is complicated by the varied and rather 
severe conditions it must meet. Typically the design must 
provide for: 

1. Flame temperatures of 3,000 F or more. 

2. Cyclic temperature variations. 

3. Metal temperatures during operation of 1,300 to 
1,800 F with peaks to 2,050 F. 

4. Metal temperature gradients of 540 F/ln. 

5. Mechanical or aerodynamic exciting frequencies 
over a wide frequency range and with varying am- 
plitudes. 

6. Pressure differentials across the liner of I to 5 psi. 

7. Thermal expansion relative to the casing. 

8. Axial forces on the liner (or flame tube) due to the 
pressure differential. 

Combustion system components can fail in one or more 
of the following ways: 

1. Cracks, particularly at holes or discontinuities, 

2. Fretting at fits and mating joints between parts. 
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Fig. 37 Annular combustor liner with plunged dilution holes (Inner liner 

half) 


3. Structural failure due to pressure forces, 

4. Distortion and buckling due to temperature gra- 
dients* 

5. Overheating resulting in local metal failure, 

6. High- temperature corrosion. 

Pressure loads that tend to collapse the liner and create 
axial forces due to the pressure difference over the dome 
area are particularly important in the case of annular 
designs. The critical pressure difference that the liner can 
withstand depends upon the proportions (length/ diameter 
and thickness/ diameter), the degree of support and stiff- 
ening, manufacturing eccentricities, discontinuities, and 
Young's modulus at the operating temperatures. Collapse 
is usually due to yielding at local eccentricities rather than 
elastic instability. 

In the early days of gas turbines, very thick liner mate- 
rial was sometimes used in an attempt to obtain longer 
life and reliability, but experience has shown that thinner 
liner materials are more heat resistant, and except in large 
single combustion chambers, thicknesses of more than 

0.050 in. to 0,060 in. are rarely required. 

The liner must be supported in the combustor casing 
while being allowed to expand freely. Bearing pressures 
on suspension pins or fittings should normally be limited 
to 250-500 psL Sometimes surface treatment of the mate- 
rial is used to reduce fretting at points of contact. 

Thermal stresses in the liner cause cracks, which usu- 
ally originate at dilution or secondary air holes. The dilu- 
tion air holes reduce the local thermal stresses and in- 
crease the fatigue life of the liner. Plunged holes as shown 
in Fig. 37 are preferred in that they have higher flow 
coefficients than simple sharp-edged holes. 

Liner materials can be any of a number of high-tempera- 


ture, corrosion-resisting alloys. Typical materials include 
Hastalloy X, HS188, and INCO 718. 

Occasionally, combustor parts are attacked by corro- 
sion due to constituents of the fuel. Attack by hydrogen 
sulfide (HgS) is particularly virulent, but is likely only in 
the primary zone, or over-rich pockets. H 2 S corrosion is 
negligible with metal temperatures below 1100 F or above 
2000 F, Attack may also occur from vanadium pentoxide, 
which may be formed from the vanadium that is fre- 
quently present in residual fuels. 

7,5 Fuel Nozzles. The fuel nozzles, or fuel injectors, 
must introduce the fuel into the combustion chamber over 
the entire range from light-off to maximum load in a way 
that is compatible with the basic objectives previously 
listed. The fuel nozzles can have a marked effect on the 
performance of combustion systems. 

Gas turbines are well suited for the propulsion of lique- 
fied natural gas carriers as they can readily burn the gas 
boil-off [31]; however, aside from this application, gaseous 
fuels are not available for most marine applications. Liq- 
uid fuels commonly used in marine installations are DFM 
(Diesel Fuel Marine), JP-4, JP-5, distillate fuels, and resid- 
ual fuels. 

The nozzle must atomize the liquid fuel into droplets 
small enough to insure complete combustion of the fuel 
in the residence time available, provide a spray pattern 
that will insure adequate mixing of the fuel in the resi- 
dence time available, and provide an intimate mixing of 
fuel with the available air under the full- and part-load 
aerodynamic conditions existing in the primary zone. The 
nozzle spray must not strike the walls of the combustion 
chamber, and must not cause excessive temperature vari- 
ations. 

Five types of liquid-fuel nozzles have been applied in 
gas turbine combustors. Each has advantages and disad- 
vantages as follows: 

1. Pressure- Atomising Nozzles, There are two types 
of pressure-atomizing nozzles: 

(a) Simplex (or single-orifice) nozzles. The simplest 
type but not suitable for the wide flow range 
usually required. 

(ti) Duplex (or dual-orifice) nozzles. With either in- 
ternal or external flow dividers, these give a 
much wider operating range and are usually 
satisfactory for the lower-viscosity fuels. 

2. Air-Blast (Air-Atomizing) Nozzles. These nozzles 
utilize the combustion-chamber pressure drop to 
create an airs tr earn that is used to assist in atomiz- 
ing the fuel. The airflow around the nozzle body 
breaks up the fuel spray, so the fuel distribution is 
determined mainly by the airflow pattern. Combus- 
tion is characterized by a blue flame of low luminos- 
ity, cool walls, and minimum smoke. It has, how- 
ever, poor “lean blowout” and poor atomization at 
starting. 

3. Air-Assist (Air- Atomizing) Nozzles, These are sin- 
gle-orifice nozzles, with small quantities of air intro- 
duced internally via separate passages from a sepa- 
rate external compressor. At low fuel flows and 
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ENPUT VOLTAGE: 

INPUT CURRENT: 

STORED ENERGY RANGE: 
SPARK RATE RANGE : 

GAP VOLTAGE: 

SPARK RATE MONITOR OUTPUT 


110 - ISO VOLTS - 50 - GO CYCLES 
TAMPS, MAX. ' 

1-20 JOULES, INCREMENTS Of I JOU^E 

0-100 SPARKS/SEC at 1 JOULE 
0-5 SPARKS/SEC AT 20 JOULES 

3000-5100 VOLTS 
30 VOLTS PEAK 


Fig. 38 Typical electrical circuit for "high-energy" ignition system 


pressures, the air atomizes the fuel, while at high 
flows the air can be cut off and the fuel pressure 
relied upon for atomization* For heavy residual 
fuels, air-assist nozzles can be designed with a sepa- 
rate air compressor that takes air from the main 
compressor discharge, and provides a pressure ra- 
tio of about 2:1 over the entire operating range; this 
gives efficient atomization (a Sauter Mean Diame- 
ter of the fuel droplets of 60 to 80 jam) over the 
entire firing range. The complication and weight of 
the additional atomising air compressor are disad- 
vantages with this arrangement, but it is the only 
arrangement suitable for burning Bunker G in high- 
intensity combustion systems. Air-assist nozzles 
may also be used in machines that bum distillates to 
assure smokeless combustion throughout the load 
range. 

4. Vaporizing Nozzles, In vaporizing nozzles the fuel 
is introduced in a tube or passage and vaporized by 
heat from the combustion chamber. The advantages 
are: (a) the vaporizing tubes contain both fuel and 
air and very rich mixtures are avoided, (6) a blue 
flame is produced and problems of smoke and radia- 
tion are diminished, and (c) dispersal of the fuel is 
independent of fuel flow. The outlet temperature 
profile is, therefore, not sensitive to fuel flow. Va- 
porizing nozzles have the disadvantages of not be- 
ing able to operate at weak mixture ratios and a 
given design being able to operate satisfactory only 
with minimal variation in fuel properties. 

5, Centrifugal Atomizers. These employ the centrifu- 
gal force of a rotating cup to atomize the fuel. This 
arrangement gives a very uniform temperature dis- 
tribution (25 F in a radial direction and 75 F circum- 
ferentially). Centrifugal atomizers are adaptable to 
a wide range of fuels, from liquid propane to SAE 


30 oil, with no apparent trouble from combustion- 
chamber deposits. They are, however, only suitable 
for annular combustors with a rather restricted con- 
figuration. 

All of these systems have been used in gas turbines, 
and the choice depends upon the fuel to be used, the ar- 
rangement of the combustion system chosen, the range 
of fuel flows over which satisfactory operation must be 
obtained, and the ambient conditions (particularly the tem- 
perature at which reliable light-off must be obtained). 

7.6 Ignition System. Normally the combustion pro- 
cess in a gas turbine is self-sustaining and continuous, 
but it must be initiated by an external means, which is 
the function performed by the ignition system. Electric 
ignition is almost universally used, with the ignition sys- 
tem consisting of an ignitor or ignitors in the combustion 
chamber and a source of high voltage to create the spark 
at the electrodes. The voltage used ranges from 3,500 V 
for a low-voltage system to 18,000 V in a high-voltage 
system. The energy required varies from 0.2 to 4,0 joules 
(J) per spark and up to 12 J can be released in about 100 
jj,sec, that is, 100 kW at peak spark discharge in a high- 
energy system. However, only about 7% of the total heat 
energy appears at the ignitor face. 

The energy can be furnished by a high-voltage trans- 
former, sometimes with a capacitor to store the energy, or 
in some cases a magneto driven by the engine or starting 
device is used. The electrical circuit for a typical high- 
energy system is shown in Fig. 38. 

The ignitor can be of several types. An ignitor with a 
central electrode in an insulator, discharging to another 
electrode on the body (similar to an automobile distributor 
and spark plug), can be used. For large chambers, where 
it is difficult, to insure the presence of a combustible mix- 
ture at the ignitor mounted in the combustor case, a re- 
tractable ignitor is used. The ignitor can be spring-injected 
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and retracted by compressor discharge pressure acting 
on a piston, or it can be pressure-injected and spring re- 
turned, In either case, the electrodes must be inserted far 
enough into the chamber to insure ignition without danger 
of them being burned during operation. 


For high-energy systems a surface-discharge ignitor 
can be used. This type is less susceptible to fouling or 
burning. It furnishes a high-energy source to ignite the 
fuel but can be used only with a high-energy, capacitor- 
discharge electrical system. 


Section 8 

Bearings, Seals, and Lubrication 


8. 1 Bearing Types. The bearings used in gas turbines 
fall into two classes: (i) antifriction or rolling-contact bear- 
ings and (ii) sleeve or journal bearings and the correspond- 
ing oil-film thrust bearing. Gas turbines adapted from 
aircraft designs generally use antifriction bearings be- 
cause of their high capacity, low space requirement, and 
lighter overall engine weight, although in small engines 
this difference is negligible. 

8.2 Antifriction Bearings. Antifriction bearings, 
whether ball or roller, can and do provide long, reliable 
service, but by their very nature they have a defined life. 
For a given load and speed, the bearing manufacturers 
specify a B-1G life, which 90% of bearings operating with 
proper lubrication and temperatures will meet or exceed. 

For antifriction bearing applications, each rotor is sup- 
ported by two or more bearings. One bearing is frequently 
a cylindrical roller bearing to provide for axial movement 
of the rotor, and the other bearing, which locates the rotor 
and takes the axial thrust, is some form of ball bearing. 
Roller bearings are frequently used adjacent to the tur- 
bine wheels, since they are usually considered better able 
to withstand high operating temperatures and higher 
soak-back temperatures after shutting down. In addition, 
they have a somewhat greater overload capacity, which 
may prevent complete bearing failure in the event of dam- 
age and loss of balance. 

While antifriction bearings require only small amounts 
of oil for lubrication, a means must be provided to keep 
them cool in locations where heat from the turbine can 
flow into them through the shaft or housing. A carefully 
controlled amount of cooling oil is required to maintain 
their internal clearances and, at the same time, avoid an 
excess that can be trapped between the rolling elements 
(particularly rollers) and the raceways with resulting hy- 
draulic lock and noise. The oil jets should be directed at the 
shaft adjacent to the inner race and around the housing, to 
keep the bearing cool without excess oil being forced into 
the bearing. 

8.3 Sleeve Bearings. Properly designed oil-film bear- 
ings, appropriately applied and supplied with an adequate 
quantity of dean oil of suitable viscosity, will run almost 
forever. Gas turbine sleeve bearings usually follow nor- 
mal hearing practice. In large machines, the journal bear- 
ings consist of babbitted shells (frequently with spherical, 
self-aligning seats) held in bearing housings of cast or 


fabricated construction. Bearing loadings are usually be- 
low 200 psi of projected bearing area. The bearing bore is 
frequently elliptical, and where very lightly loaded it may 
incorporate special pressure pockets or other means to 
ensure stability. Since the rotor weight goes down as the 
cube of the scale while the bearing area reduces only as 
the square, bearing loadings are very low in small units 
even though L/d ratios less than 0.4 are frequently 
adopted. Lightly loaded bearings are subject to oil whip 
and other instabilities, so special measures must some- 
times be taken to provide stable, satisfactory operation. 
Three-lobed bearings, floating bushes, and pivoted-shoe 
journal bearings have been employed in various units. 

8.4 Thrust Bearings. With antifriction bearing ar- 
rangements, one of the ball-bearing assemblies is gener- 
ally designed to take the net thrust. The net thrust is the 
difference between the compressor thrust and the turbine 
thrust in the case of gas generators, or the turbine thrust 
plus or minus any gear or coupling thrust in case of power 
turbines. With oil-film bearings, a separate thrust bearing 
is usually provided for each rotor. This bearing normally 
comprises a thrust collar firmly attached to the shaft with 
thrust washers or thrust plates on either side. For lightly 
loaded thrust bearings, these can be simple babbitted flat 
plates with radial grooves for oil distribution and flow. 
However, it is preferred practice to use tapered-land 
thrust shoes in which each land has a slight circumferen- 
tial taper. While tapered-land thrust bearings can carry 
very high loadings (above 750 psi), they are not inherently 
self-ali going and require careful manufacture as the taper 
required is very slight. Consequently, for highly loaded 
thrust bearings, a multiple, pivoted-shoe thrust bearing 
is often adopted. Since the thrust is usually greater in one 
direction than the other, the more lightly loaded side is 
sometimes made with fewer pads or shoes than the loaded 
side. 

Sleeve bearings and thrust bearings require an ample 
supply of clean cool oil for both lubrication and cooling. 
These bearings operate with a hydrodynamic film; and 
various factors, such as an interruption in the oil supply, 
high oil temperatures, or low oil viscosity, can result in 
bearing wear and damage or even failure (by unduly re- 
ducing the oil-film thickness). 


180 


MARINE ENGINEERING 


Small gas turbines frequently run with light oils (SAE 
10 or even lighter) and rather high temperatures. Aircraft- 
derivative gas turbines are designed to operate with a 
synthetic oil, 

8*5 Shaft Seals, Shaft seals serve the purpose of pre- 
venting or controlling fluid leakage along a shaft where 
it passes through a wall or diaphragm that separates re- 
gions, which are at different pressure levels or contain 
different fluids. Shaft seals are used where shafts enter 
a bearing housing, where they enter a compressor or tur- 
bine casing, and between individual stages of a compres- 
sor or turbine. 

Shaft seals can be divided into two general classes: 
contact seals and labyrinth seals. Contact seals usually 
consist of a carbon or graphite ring with a flat face that 
is held by a spring in contact with a metal face or sealing 
ring on the shaft, which has been lapped almost absolutely 
flat. Contact is maintained between the two faces to pre- 
vent leakage, The metal face is hardened and the carbon- 
ring material is selected to give minimum friction and 
wear. These seals will operate with essentially no lubrica- 
tion, although they are most frequently applied where a 
liquid is present on at least one side of the seal, 

A labyrinth seal works on the principle of a series of 
throttlings, which are produced by a series of teeth on the 
stationary member, the shaft, or sometimes both. The 
teeth break down the total pressure difference between 
the fluid on the two sides of the seal into a series of steps 
to control the flow through the clearance space between 
the tip of the tooth and the mating surface. The velocity 
created in the clearance by the pressure drop is at least 
partially dissipated in turbulence in the volume between 
adjacent teeth, thereby minimizing the flow. A more de- 
tailed discussion concerning the technical aspects of laby- 
rinth seals is included in Chapter 2. 

The clearance that can be maintained between the shaft 
and the stationary member depends upon the specific ma- 
chine configuration used, particularly the location of the 
seal with respect to the bearings and the clearance in the 
bearings. For small machines with small shafts and seals 
located immediately adjacent to the bearings, a total clear- 
ance of 1.3 to 1*5 mils per inch of shaft diameter is usually 
satisfactory. For large machines with a considerable dis- 
tance between the seal and a bearing, a radial clearance 
of 2 mils per foot of shaft span may be necessary. 

A variety of materials can be used for labyrinth seals. 
Simple bearing housing seals, as shown in Fig. 39, that 
are intended primarily to prevent the leakage of oil out of 
the bearing housing, can have the stationary member 
made of a solid piece of brass or aluminum. For seals 
located remote from bearings, such as in turbine dia- 
phragms, the stationary member is frequently segmented 
and spring- supported so as to limit the contact pressure 
in the event of contact with the shaft; such a seal construc- 
tion is shown in Fig. 40. At low temperatures, however, 
these can also be made of brass, leaded bronze, or even 
plastic, and at high temperatures, ferritic or even austen- 
itic materials with a chrome- moly steel shaft are used. It 
is also common practice to put the teeth on the shaft, as 


shown in Fig, 41, to minimize the heating and resulting 
bowing of the shaft in the event of contact 

A third type, which involves a combination of the two 
principles, is the carbon-ring seal. In this case a carbon or 
graphite ring, which can be either solid or segmented and 
held together by a garter spring, is bored to have a close 
clearance to the shaft, so as to control the leakage by 
laminar flow through the clearance space. The ring floats 
on the shaft and is free to turn in a groove in the housing, 
but the pres&re difference holds it against one side of 
the groove and seals off leakage by that path. This type of 
seal is compact and is sometimes used in smaller machines 
where length is important. This type of seal has also fre- 
quently been used in steam turbine practice. 

8.6 Lubrication Systems. Proper lubrication is vital to 
the operatiop of gas turbines, whether equipped with roll- 
ing-contact or fluid-film bearings* A continuous supply of 
the proper ^rade of lubricant at the proper pressure and 
temperature is so important that most gas turbines are 
equipped with their own integral lubrication system. 
Where aircraft gas turbines have been adapted to indus- 
trial or marine use, the gas turbine used as a gas genera- 
tor frequently has different lubrication requirements 
from the power transmission system and, therefore, usu- 
ally retains an independent lubrication system. 

Engines equipped with rolling-contact bearings require 
less oil, and usually a different grade, than those with 
fluid-film bearings. Many antifriction-bearing engines are 
designed to operate with synthetic lubricants. It is impor- 
tant that synthetic lubricants be used only in engines 
equipped with suitable gaskets, O-rings, seals, etc., as 
synthetic lubricants can attack and cause rapid deteriora- 
tion and failure of many common gasket and O-ring mate- 
rials. 

Basically, the lubrication system consists of an oil reser- 
voir, a pump or pumps (for pumping oil from the reservoir 
to the bearings, gears, and control systems), pressure 
regulators {to control the supply pressure to various com- 
ponents), an oil cooler or coolers (to control the oil temper- 
ature), and a filter or filters (to assure clean oil). 

The lube-oil flow is determined by the quantity required 
to absorb the losses of the bearings, plus heat pickup from 
the surroundings, within the allowable temperature rises 
in the bearings. The oil required by all control devices 
such as governors, hydraulic actuating cylinders, etc,, 
must also be provided. With large units, the pump size 
may be determined by the oil flow 7 requirements of hy- 
draulic cylinders used to actuate variable-angle nozzles 
and similar devices. The oil pump is ahvays sized to deliver 
more than the calculated requirements, the excess being 
returned to the oil tank (reservoir) by a pressure-regulat- 
ing valve. 

The main lube-oil pumps are generally of the gear type 
and at least one is almost always driven directly by the 
main gas turbine shaft to ensure that the pump is driven 
as long as the turbine shaft rotates. Shaft-driven centrifu- 
gal pumps have also been used for the main lube-oil pump, 
and centrifugal pumps, usually electrically driven, are 
frequently used for auxiliary pumps where the capacity 
required warrants it. In smaller sizes, motor-driven gear 
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Fig. 40 Typical high-low labyrinth seal with stationary teeth 


or vane-type pumps are used for the auxiliary or emer- 
gency supply. 

Sleeve bearing units should always have a supply of oil 
to the bearings before the unit is started, and some de- 
signs also require control oil pressure before starting. 
This is the purpose of the auxiliary pump, which is usually 
under control of a pressure switch so that it runs when- 
ever the control system is energized and no main pump 
pressure is available. The auxiliary pump will also start 
on loss of oil pressure while the unit is operating and 
thereby furnish lubrication until the unit can be shut 
down. Sometimes the auxiliary oil pump, or a supplement 
tary small “cooldown” pump, is operated for a period of 
time to circulate oil to the bearings in order to remove the 
heat that flow's into them from the hot parts, particularly 
the wheels of the turbine* This keeps the babbitt in the 
bearings below 250 F and prevents the damage that will 
otherwise result from exposure to higher temperatures 
while the machine cools down. 

Antifriction-bearing machines generally do not require 
pre- or post-lubrication for the protection of the bearings, 


since rolling-contact bearings adjacent to hot parts of the 
machine are usually stabilized at temperatures of 350 to 
450 F. However, lube oil deteriorates at the temperatures 
that are frequently reached after shutdown. Therefore, 
in some cases, post-lubrication after shutdown is used to 
remove the heat and keep the bearing area cool to prevent 
varnishing and carbonizing of the oil. 

The heat generated in the bearings and gear meshes, 
plus the heat flowing in from the hot parts of the machine 
are absorbed by the oil cooler. The latter source can 
amount to of the total heat absorption. For certain in- 
stallations oil coolers are direct oil-to-air radiators, but for 
marine installations water-cooled or oil-to-oil heat ex- 
changers are the logical choice. The heat exchanger must 
be capable of rejecting all the heat absorbed by the oil and 
provide a proper oil-cooler discharge temperature (usually 
13&-220 F). The heat exchangers are generally of the 
shell-and-tube type with the tubes readily accessible for 
cleaning. Sometimes, the oil coolers are in duplicate, with 
quick-changeover valves, so that the machine can operate 
with either cooler while the other is being cleaned. 

Oil filters are always installed to insure clean, particle- 
free lube-oil. The filter must have adequate capacity for 
the full oil flow within the manufacturer's pressure-drop 
limitations. Frequently, dual filters are installed with 
quick transfer (four-way) valves so that one filter can 
be cleaned or changed while the other is in service* The 
filtration system should be chosen with consideration for 
the minimum clearances in the machine. On targe ma- 
chines, which may not require very fine (below 10 >xm) 
filtration for the bearing oil, an additional finer filter 
(down to 2 ^m) may be added in the circuit to other hydrau- 
lic devices to protect their very dose clearances and fine 
finishes. 

Filter bypasses, particularly internal bypasses, are not 
recommended even on full-flow filters. When the filter is 
plugged with dirt and the bypass opens, large quantities 
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of contaminants may go through the bypass and into the 
bearing system. It is preferable to monitor the pressure 
drop across the filter and provide dual filters if it is neces- 
sary to assure continuous operation under all conditions. 

Pressure regulators are usually simple spring-loaded 
relief valves as close regulation of the pressure level is 
not important. Some systems use two pressure levels, one 
for the control functions and the other at a lower pressure 
for lubrication. The control circuit is usually arranged to 
have top priority on the oil supply, since operation of 
the controls is vital to the operation of the unit, and the 
lubrication supply can be reduced or even cut off for the 
fraction of a second it takes the controls to operate. 

The oil reservoir, or lube-oil tank, is usually located 
below the unit although with positively scavenged 
(drained) systems it can be located anywhere. With jet 
engines it is frequently fastened to the side of the com- 
pressor casing. With gravity drain systems, it must be 
located a sufficient distance below the hearings to allow 
a positive slope of at least \ in, per foot to the drain lines 
under all conditions of pitch and roll. 

The capacity of the tank is usually based on the main 
lube-oil pump flow. Where possible, a capacity of four 
times the oil pump capacity in gpm should be used. This 
gives what is known as a four-minute supply; he., in the 
event of failure of the drain system, the tank will provide 
a four-minute supply of lubricant. Smaller units, particu- 
larly those mounted in a package, such as shipboard gen- 
erating sets, may have smaller tanks. Due to space limita- 
tions, these may be as small as a two-minute supply or 
less. Adequate deaeration of the oil is difficult in tanks 
this small, although the carry-over of mist out the vent can 
be minimised by locating baffling properly, by locating the 
oil drains and the tank vent connection as far apart as 
possible, and by providing a deaeration tray. Pressurized 


outer shaft seals, in which compressor bleed air is intro- 
duced between two seal sections and flows through one 
side into the bearing housing (to prevent oil leakage along 
the shaft), introduce extra air into the oil and make satis- 
factory deaeration more difficult 

The tank should be provided with a bottom that slopes 
both ways to a drain connection. The tank should have a 
removable cover or access door of sufficient size to enable 
every part of the tank to be reached for cleaning. An oil- 
level gage or sight glass should also be provided along 
with a low-level and sometimes a high-level alarm. 

Supply and drain piping is preferably made of seamless 
tubing. Stainless-steel tubing is frequently used in the 
smaller sizes. AN -type flexible-hose connections are also 
suitable in the smaller sizes {below about 1.5 in.). In large 
units, it is good practice to run the pressure feed lines 
inside the drain lines to the extent possible. The drain line 
then acts as a guard line in the event of a leak or failure 
of the feed line, which otherwise could spray oil onto hot 
parts of the machine and cause a fire. 

In order to avoid fire hazards, the number of pipe joints 
should be minimized. Where joints are necessary, welded 
flanged connections are preferred, with an SAE four-bolt 
split-flange connection being the second choice. Compres- 
sion-type fittings are satisfactory in the smaller stainless 
steel lines. Flexible lines usually are provided with stan- 
dard AN -type fittings. Threaded pipe joints, and particu- 
larly pipe nipples, should be used only where unavoidable; 
and then extra-heavy or double-extra-heavy pipe should 
be used to ensure adequate wall thickness under the 
threads to avoid fatigue failures originating in the 
threads. 

Pipe sizes, both feed and dram, should be sized for low 
velocities at full flow. A velocity of not more than 6 fps 
in feed lines and 2 fps in drain lines will keep system 
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pressure drops to reasonable values and provide free and 
complete drainage from bearings and gear housings. Poor 
drainage can cause oil leakage along shafts and additional 
losses and heating in gear systems. 
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Section 1 

Classification of Marine Steam Generators 


1*1 Boiler History. From the dawn of the Industrial 
Revolution the attention of many individuals focused on 
the advantages of powering ships by steam, A study of 
the history of early marine boilers reveals that early de- 
signers and engineers did not lack novel and ingenious 
ideas for steam propulsion equipment. However, they did 
lack the materials and machine tools with which to imple- 
ment these ideas. Dependable boilers were sorely needed 
in the development of the steamboat, which began in the 
United States with the work of James Rumsey (1743— 
1792) on the Potomac and of John Fitch (1743-1798) on 
the Delaware. 

Robert Fulton inaugurated steam navigation on a regu- 
lar basis in 1807 with the Clermont , , popularly called “Ful- 
ton's Folly/' whose engine and boiler were imported from 
England. The success of this vessel prompted others to 
follow Fulton's lead and soon steamboats were navigating 
all the great waterways of the North American continent, 
and a new industry was born. 

a. Flue boilers. By 1835 there were about 700 steam- 
powered vessels in use in the United States. Steam pres- 
sures were low — a few pounds above atmospheric — and 
the boilers were simply rectangular boxes with square 
furnaces and low winding flues large enough for a man 
to pass through to permit cleaning. They were made of 
riveted copper or iron plates and were nearly always fed 
with salt water or raw water. Coal and wood were the 
usual fuels. 

The famous vessel Monitor was equipped in 1861 with 
two firetube boilers which were typical of that era, and 
the world awoke to the value of steam-powered iron ships 
for naval service following her encounter with the CS 
Virginia {ex-Merrimac). The demands for higher power 
and speeds resulted in many ingenious boiler designs, In 
1861 the UJ3. Navy cruiser Wampanoag represented the 
zenith of marine engineering achievement in the Civil War 
era. This fine vessel was the fastest steamer of her day 
and during trials reached a maximum speed of 19.5 knots, 
her geared engines supplied with superheated steam from 
four superheating boilers and eight vertical watertube 
boilers. In reality these later units were a combination 
of watertubes with cylindrical furnaces similar to those 
found in firetube and returmflue-type boilers. Boiler pres- 
sure was maintained during the record-breaking runs at 


about 30 psig, which was about the upper limit of pressure 
during the Civil War era. 

b* Scotch boilers. Following the Civil War, contin- 
ued advances in metallurgy and engineering resulted in 
the cylindrical firetube boiler or “Scotch" boiler, as illus- 
trated by Fig, I, becoming most popular. In the late 1800's 
and early 19QQ ! s coal-fired Scotch boilers were used for 
pressures of up to 250 psig and steam temperatures of up 
to 650 F. Their tolerance for poor water, lubricating oil, 
and general abuse made them ideal for use with the steam 
engines which also reached their peak of popularity in the 
same period. When equipped with a superheater and air 
heater, and firing oil, the Scotch boiler had an efficiency 
of about 80%. 

c. Sectional header boilers. The development of the 
Steam turbine created a need for higher pressures and 
steam temperatures, and boilers of the Scotch type were 
superseded by watertube boilers. Many of the early at- 
tempts at building watertube boilers were doomed to fail- 
ure due to unrecognized circulation deficiencies, inade- 
quate water treatment, and poor tube arrangements 
which made repairs difficult. The first successful marine 
watertube boiler was of the cross-drum straight-tube sin- 
uous-header type and was developed to avoid these diffi- 
culties. It provided, by means of its straight tubes, easy 
inspection of the watersides and permitted renewal of 
individual boiler tubes. 

First tried in the steam yacht Reverie in 1889, this con- 
cept rapidly developed for naval service in both the United 
States and Great Britain as well as for merchant ships. 
RADM George W. Melville, the famous Arctic explorer 
and Engineer-in-Chief of the U.S. Navy from 1887 to 1903, 
summarized the basic requirements for a marine boiler 
of this type, which time has not changed greatly, in the 
following way [1]: 

“From the study of the subject, I concluded that the 
thoroughly satisfactory watertube boiler should possess, 
among others, the following characteristics: 

“Reasonable lightness, with scantlings sufficient to 
promise longevity; 

“An adequate amount of water, so that failure of the 
feed supply or any inattention thereto would not immedi- 
ately cause trouble; 

“Accessibility for cleaning and repairs on both water 
and firesides; 
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Fig. 1 Front view and longitudinal section of an oil-burning Scotch boiler fitted with on air heater 


“Straight tubes, with no screw joints in the fire but the 
simple expanded joints so well tested for years; 

“No cast metal, either iron or steel, subjected to 
pressure; 

“Ability to raise steam quickly; 

'‘High economy of space; 

“Interchangeability of parts, and, as far as possible the 
use of regular commercial sizes, so that repair materials 
could be procured anywhere; 

“The ability to stand severe forcing without injury; 

“The ability to stand abuse, that is, to be of rugged 
construction and not so delicate as to require skilled me- 
chanics to run it; 

“Safety against disastrous explosion, meaning that 
only the part of the boiler which gave way would be 
damaged." 

The performance of the header-type design was im- 
proved through the years by the use of 2-in. tubes with 
three gas passes, and later, 1^-in. or 1-in. tubes in a single 
gas pass, as in Fig. 2, to improve efficiency and increase 
capacity. The basic soundness of this design is indicated 
by the fact that many boilers of this type are still in service 
for propulsion purposes on older vessels. 

d. Bent-tube boilers. The drum-type watertube 
boiler, which had been experimented with from the earli- 
est days, finally came into practical being in the 1890's, 
The chief impetus for this was the development of the 
high-speed torpedo boat. High steam outputs at about 250 
psig, which for that time was high pressure, resulted in 
the application of both natural-circulation watertube boil- 
ers and forced-circulation once-through boilers to some of 
these craft. 

With once-through forced-circulation boilers the prob- 
lems of control, feedwater treatment, start-up, maneuver- 
ing, and the lack of dependable pumps presented formida- 
ble obstacles. Accordingly, the major efforts of boiler 



Fig. 2 Single-pass sectional header boiler with water- cooled furnace 


designers were directed to the development of natural- 
circulation watertube boilers which were simpler to oper- 
ate and maintain. The watertube natural-circulation boiler 
has taken many forms through the years. The early de- 
signs were generally of the single-furnace three-drum 
double-uptake type with the superheater in one side. As 
steam temperatures increased, it became necessary to de- 
velop an economical method for controlling the steam tem- 
perature while maneuvering and particularly during 
astern operations. This was accomplished initially by the 
use of separate superheater boilers in which the firing 
rate was reduced when going astern. Later, a two-furnace 
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boiler, in which the steam temperature was controlled by 
varying the firing rate in its two furnaces, was evolved in 
a continuing effort to save space and weight These early 
arrangements used double uptakes with the superheater 
section located in one of the gas paths. Subsequently, the 
two-furnace single-uptake boilers shown in Fig* 3 was 
developed. Boilers of this general design were installed in 
almost all of the combatant ships built for the U.8. Navy 
in World War II [2]* 

With the development of steam turbines capable of us- 
ing full steam temperature during astern operations, it 
became possible to further reduce the weight and size of 
the drum type of boiler. The two-drum single-furnace 
boiler with an integral superheater, as in Fig* 4, was the 
result. The location of the superheater near the furnace 
provided a relatively constant steam temperature over a 


wide range of operation due to the combination of its 
convection and radiant heat-transfer characteristics. Most 
current merchant marine and naval boilers form solid 
links in the chain of evolution of this type of boiler. 

While many variations of the foregoing boiler types 
have been employed throughout the world, the types dis- 
cussed are fairly representative and provide an adequate 
background for an understanding of steam generator 
types and characteristics. 

1,2 Current Types of Merchant and Naval Boilers* In 

the past 100 years steam pressures and temperatures 
have increased from 30 psig saturated to 870 psig-950 F in 
most merchant vessels, and to 1200 psig-1000 F maximum 
(950 F nominal) in most post World War II naval combat- 
ant vessels. In large, high-power installations steam at 
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Fig. 4 Two-drum, single-fuFKioce boiler with horizontal superheater 


1500 psig-950 F, and in some instances reheat to 950 F, 
appears feasible. 

For the most part, widespread use of water cooling in 
the furnaces is employed to reduce refractory mainte- 
nance* Economizers and air heaters singly, or In combina- 
tion, are used to obtain the desired overall steam genera- 
tor efficiency. Attemperators are employed to control the 
steam temperature over a wide operating range and 
thereby improve turbine performance. Desuperheaters 
are installed to provide low-temperature steam for auxil- 
iary purposes throughout the ship. 

Bunker C residual oil is the most widely used fuel in 
commercial applications, while marine diesel and other 
light fuel oils are widely used in naval applications. Steam- 
atomizing oil burners, first used aboard ships in the late 
ISGO's, have returned to favor with the advent of high* 
capacity low-cost evaporators to supply the necessary wa- 
ter, This type of atomizer, while providing an extremely 
wide range of operation, results in a loss of distilled water 
which was, until recently, too big a penalty to pay for its 
advantages. However, improvements to reduce the con- 
sumption of steam, coupled with abundant distilled water, 
have led to its widespread use, particularly in automated 
boilers* 


a. Two-drum boiler* Two-drum integrabfurnace 
boilers, or D-type boilers as they are often called, usually 
consist of a steam drum and water drum connected by 
water screen and boiler bank tubes. Superheaters are in* 
stalled between the water screen and the boiler bank and 
may have tubes arranged either vertically or horizontally, 
depending in part on which arrangement best fits the 
machinery arrangement. Where required, the steam tem- 
perature may be controlled by means of a control desuper* 
heater or attemperator located in either the steam or wa- 
ter drum. The firing front or location of the oil burners is 
frequently dependent on the machinery arrangement and 
may be in the front wall (most conventional), roof, or 
sidewall* Figures 4 and 5 indicate some of these variations* 
In most installations some form of air heater is used 
with an economizer. The type and proportions of these 
auxiliary" heat exchangers depend on the cycle arrange- 
ment* If two stages of feed heating are selected, a steam 
air heater and an economizer are often used. In the steam 
air heater, condensing low-pressure steam (40 to 65 psia) 
heats the incoming air. Where three or four stages of feed 
heating are employed, it is generally advantageous to use 
an air heater of the recuperative or regenerative type. A 
small economizer may be used in such instances to hold 
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Fig, 5 Two-drum, top-fimd !»oiler with vertical superheater and economizer 

the air heater down to a practical size. Air heaters are 
gas-to-gas heat exchangers and tend to be quite large due 
to their relatively low heat-transfer rates. 

Natural circulation is employed exclusively in two-drum 
boilers and is dependent on downcomers, which may be 
of the internal (heated) variety in units of low rating or 
of the external {unheated) variety in highly rated mer- 
chant and naval units. Economizers are force fed by the 
boiler feed pump in all cases* 

Cleaning of external surfaces exposed to fuel-oil ash 
and soot is accomplished by means of steam sootblowers. 
Those in the superheater zone are of the retractable mass- 
action type to provide sufficient cleaning power to remove 
slag. Protection from the high gas temperatures in this 
area is provided by withdrawing them when out of service. 

An auxiliary desuperheater is installed in the steam or 
water drum in most vessels to supply low-temperature 
steam for purposes other than main propulsion. 

Casings surround the pressure parts and form a gas- 
tight envelope to contain the products of combustion. 
They can be of varied construction; however, a double 
casing is generally used to avoid any possibility of flue 
gas leakage into the engine room* Where a single casing is 
used, expansion joints, access openings, etc., are supplied 
with pressurized-air seals to prevent leakage. 

b. Reheat boilers* In the reheat cycle, steam is gen- 
erated at a high pressure, superheated in conventional 
boiler and superheater elements, and expanded through 
the high-pressure elements of the turbine to the reheater 
inlet pressure. It is then reheated at this reduced pressure 
and expanded through the low-pressure elements of the 
turbine (see Chapter 6 for a discussion of reheat turbines). 
For satisfactory* and reliable operation, means must be 
provided to protect the re heater from overheating during 
maneuvering and astern operation when the reheater 
steam flow is reduced or nonexistent. The design of a 


Fig, 6 Single -furnace, ga$-bypass reheat boiler 


suitable reheat boiler, therefore, is somewhat more com- 
plicated than that of a superheater for a conventional 
nonreheat cycle. 

Reheating of steam becomes increasingly more attrac- 
tive as the installed horsepower increases. The fuel sav- 
ings to be gained by reheat are then sufficient to justify 
the more complicated machinery. For the most part, steam 
generators to supply reheat plants have been adaptations 
of the two-drum integral-furnace boiler. One or two fur- 
naces can be used. The single-furnace concept utilizes a 
divided gas flow path beyond the furnace with the super- 
heater and reheater placed in separate sections. The flow 
of gas in these sections is regulated by dampers, thereby 
controlling the superheater and reheat steam tempera- 
tures. It then combines to flow to the auxiliary heat ex- 
changers. By burning all the fuel in a single furnace, the 
control of the oil burners and the forced-draft air supply 
system is simplified. Figure 6 illustrates a boiler of this 
type. 

In the divided-furnace boiler, a form of two-furnace 
boiler, one furnace supplies heat to the reheater and the 
other furnace supplies heat to the superheater. Some de- 
signs incorporate a part of the superheater (called a pri- 
mary superheater) in the reheater zone to provide addi- 
tional protection for the reheater and to obtain the desired 
steam temperature characteristics [3]. The gas flowing 
from both the re heater and superheater combine in the 
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Fig. 7 Schematic of LoMant forced-circulation bailer with economizer and 
superheater 


main generating tube bank, and a single gas flow path is 
maintained through the auxiliary heat exchangers as in 
the single-furnace design. 

c. Forced -circulation boilers* Ever since the first 
boiler was used aboard ship, marine boiler designers have 
investigated and experimented with various means to re- 
duce the size and weight of boilers. A boiler arranged for 
natural circulation of the water and steam requires low 
waterside pressure drops, which can only be obtained by 
installing sufficient downcomers and risers. This ad- 
versely affects size and weight. By supplying a pump to 
either augment or supplant natural circulation, a smaller 
and lighter boiler can be designed for a given steam out- 
put [4]* The circulation in such a boiler is said to be con- 
trolled or forced. The chief advantages of this are that 
very small-diameter tubes with a high resistance to flow 
can be used in arrangements of heating surfaces and 
steam drum locations, which would be incompatible with 
natural circulation. The greatest disadvantage is the cir- 
culating pump itself, which is a potential source of trouble 
and maintenance. 

The LaMont boiler, shown schematically in Fig. 7, is a 
typical example of the forced-circulation type. While used 
abroad, it has not found wide application in the marine 
field in the U.S. The LaMont boiler uses a single drum 
into which the heating surface discharges a mixture of 
steam and water. The circulating pump suction is supplied 
by gravity from this drum and forces water through the 
generating tube surface, which ts composed of a number 
of tube circuits arranged between a distributing header 
and the steam drum. The inlet of each tube is fitted with 
an orifice to balance the flow resistance within the various 
circuits. This is necessary to obtain an adequate flow of 
water in each tube depending on its expected heat input. 
The furnace, oil burners, superheater, and economizer are 
similar to those of natural-circulation boilers. 

d* Once-through boilers. The boiler in Fig. 8 is an 
example of once-through boilers used for auxiliary steam. 
Water is passed through the heating surface in one contin- 
uous circuit by the feed pump* The boiler is basically one 
long spiral tube arrangement composed of a steaming 
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economizer and a transition zone, where evaporation is 
completed, which surrounds the furnace. The feed pump 
pressure determines the outlet steam pressure, which 
may be 1200 to 1800 psig, although for the usual marine 
installation the pressure is in the range of 150 to 300 psig. 
Boilers of this type are usually built only in small sizes 
and supply up to 7500 lb of saturated steam per hour. 

Because of the difficulties in maintaining feedwater 
chemistry, adequate water flow through parallel tube cir- 
cuits, which would be required for higher capacity boilers 
of this type, and the control of superheated steam temper- 
atures, the once-through boiler is not well suited for ma- 
rine propulsion purposes, 

e. Supercharged boilers* The supercharged boiler 
has the characteristic of using combustion pressures 
higher than one atmosphere in the furnace to take advan- 
tage of higher gas densities and higher gas velocities than 
are available in the usual marine boiler* Figure 9 is a 
typical supercharged boiler. This unit is an outgrowth of 
the Velox boiler which has been used in a few stationary 
power plants for a number of years. In this type of boiler, 
the exhaust gases are at a pressure high enough to drive a 
gas turbine, which in turn drives an axial-flow compressor 
supplying the combustion air. Combustion pressures of 
up to five atmospheres are readily obtained and permit 
the size of the boiler to be reduced considerably when 
compared to a conventional unit [5]* The generating tube 
spacing can be reduced since draft losses become a sec- 
ondary consideration. The higher gas velocities, which 
result from a tight tube spacing, result in a much higher 
rate of convection heat transfer so that the installed sur- 
face for a given performance can be reduced to about one 
third to one fourth of that in the usual boiler. 
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Fig. 9 Supercharged bailer with gas-turbine-driven air compressor 


The work of compression shows up, in good measure, 
as an increased temperature of the combustion air. As a 
consequence, the compressor acts as a regenerative air 
heater. It is, therefore, possible to obtain a high boiler 
efficiency without using an air heater or economizer. 
Boiler overall weight is markedly reduced by the use of 
this cycle, and it has found application in weight-sensitive 
naval vessels. 

The original Velox boiler, from which supercharged^ 
boilers evolved, was a forced-circulation boiler. However, 
subsequent supercharged units have employed natural 
circulation to avoid the extra complication of the circula- 
tion pump. 

f. Waste-heat and auxiliary boilers. Vessels with 
diesel, gas turbine, or nuclear propulsion usually require 
steam for auxiliary purposes such as hotel services, cargo 
or bunker oil heating, cargo pumps, evaporators, and deck 
machinery. The exhaust gases from diesel or gas turbine 
engines contain considerable available latent heat. Boilers 
placed in the stack to collect this otherwise lost heat are 
called waste-heat boilers. Where the required capacity 
exceeds that available from the waste heat, or where 
waste heat is not used, an auxiliary oil-fired boiler may 
be installed. This unit provides steam when the mam en- 
gines are shut down and may supplement that available 
from the waste-beat units when at low power. Nuclear 
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Fig. 10 Steam drum module for waste-heat boiler 


vessels may use an auxiliary oil-fired boiler when the reac- 
tors are secured. . . . 

Waste-heat boilers usually consist of banks of tubes, 
similar to those in an economizer, connected to a suitable 
steam drum. Some units may be designed to burn oil to 
supplement the available waste heat or replace it when 
the main unit is shut down. Either natural or forced circu- 
lation may be used. Typically, waste-heat boilers are fur- 
nished complete with controls, feed pumps, safety valves, 
etc and are skid-mounted for easy installation [6J. Ihe 
steam drum and steam-generating modules installed m 
the U.S. Navy’s CG-47 class gas turbine-powered vessels 
are shown schematically in Figs. 10 and 11. Forced circula- 
tion is employed in these units [7]. 

Auxiliary oil-fired boilers are usually of the two-drum 
type and generate saturated steam. They may be supplied 
built-up and skid-mounted with burner, fan, controls, 
pumps, etc. ready to fire in capacities up to about loo,uuli 
lb /hr For higher steam capacities field assembly is usu- 
ally required. Natural circulation is generally employed 
for all capacities. Forced circulation is generally limited 
to small boilers with low steam outputs. 

1.3 Auxiliary Heaf Exchanger*. In addition to the 
steam generator, several forms of auxiliary heat ex- 
changers are incorporated in boilers to improve the etti- 
ciency and the overall operation of the plant [8], Economiz- 
ers of either the bare-tube or extended-surface type are 
used to increase the temperature of the incoming feedwa- 
ter by cooling the flue gases leaving the boiler. Air heaters 
are used to increase the temperature of the combustion 
air so as to promote better combustion of the fuel. In 
the case of gas-to-air heat exchangers, air heaters also 
improve the boiler efficiency by reducing the temperature 
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Fig, 1 1 Steam generating module for waste-heat boiler 


of the flue gases- By using low-pressure, low-temperature 
exhaust or turbine bleed steam to heat combustion air, 
as in the case of the steam air heater, the overall cycle 
efficiency is improved. These various types of heat ex- 
changers may be used singly or in combination with each 
other* 

a. Economizers* An economizer is a simple heat ex- 
changer consisting of a bank of tubes connecting an inlet 
and outlet header located in a relatively cool gas tempera- 
ture gone beyond the boiler main generating bank* Sup- 
plied with water at a temperature near that leaving the 
last feedwater heater, the economizer supplies additional 
heat to the feedwater by cooling the flue gas* In many 
installations the economizer is the final heat exchanger in 
the exhaust gas path. It may, however, be followed by an 
air heater where a higher efficiency is desired. 

Economizers can be divided into two general categories: 
the bare-tube and the extended-surface types. Both types 
are forced circulated by the main feed pump. In general, 
they are designed to heat the incoming feedwater to 
within about 35 deg F of saturation temperature. They are 
arranged for counter flow of the water and the products of 
combustion since larger temperature differentials and a 
greater heat absorption can be obtained thereby. This 
serves to provide the highest boiler efficiency for a given 
economizer size since the exit gas temperature tends to 
approach that of the incoming feedwater* 

The simplest economizer arrangement is the bare-tube 
type and this was the form the first economizers took. 
However, it was recognized that the use of extended sur- 
face to increase the total heat- transfer surface for a given 
length of tube would provide significant increases in per- 
formance without penalizing weight and space considera- 
tions adversely. Figure 12(a) shows an efficient form of 
extended surface in which flat studs are spaced at 45-deg 
angles around the circumference and at V 2 ~m. intervals 
along the tube. 


Extended surface can also take the form of spiral fins 
welded on the tubes or of cast iron or aluminum gill rings 
bonded or shrunk onto steel tubes as shown by Fig. 12(6)* 

b* Air heaters. The cooling of hot flue gases by the 
incoming combustion air is one of the oldest of concepts 
to improve boiler efficiency. In addition, heated air pro- 
vides an additional beneficial effect by promoting rapid 
and complete combustion of the fuel* This can be of impor- 
tance m the relatively small furnaces used in marine 
boilers* 

Air heaters fall into two broad classifications; the recu- 
perative and the regenerative. In the recuperative type, 
heat from the products of combustion passes through a 
partition which separates the products from the air. Tubu- 
lar and plate-type air heaters are examples of recuperative 
air heaters. In the tubular heater (Fig* 13) the walls of the 
tubes transfer the heat from the gas to the air. In heaters 
of the plate type, the air and gas are separated by plates 
through which the heat flows* However, recuperative air 
heaters have been largely superseded by the regenerative 
type. 

In the regenerative air heater, heat is first stored in the 
structure of the heater itself as it passes through the hot 
gas stream. The heat is then given up to the air as the 
structure turns through the airstream, The air preheater 
shown in Fig* 14 is an example of this type [9]. It consists 
of closely spaced heating elements packed into a revolving 
frame* The frame speed is constant and is controlled by a 
small electric motor. The frame speed is selected such that 
the elements will absorb heat from the gas with a good 
temperature differential and, at the same time, the ele- 
ments will heat the incoming combustion air to the highest 
possible extent* The upper section of the air heater is in 
the cold-air zone and also "sees" the coolest gas. It is 
usually arranged so that the heat-transfer surface can be 
conveniently removed in easily handled sections — called 
"baskets" — since corrosion and fouling may occur there* 
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Fig. 12 Typical extended -surface *conomj*er elements 


These baskets may be provided, in addition, with a ceramic 
coating similar to porcelain enamel for protection against 
the corrosive effects of the sulfuric acid, which can form 
from the products of combustion. Air bypasses may be 
provided to avoid excessive cooling and condensation of 
the exhaust gases during low loads and port or cold- 
weather operations. 

The steam air heater (Fig. 15) is used where an adequate 
quantity of low-pressure, low-temperature steam is avail- 
able, and it is desired to heat the combustion air If ex- 
haust or turbine-bleed steam is used, there is a slight 
improvement in the overall cycle efficiency as well. The 
heater consists of coils of tubes fitted with extended sur- 
face, usually comprising spirally wrapped strips of mate- 
rial, welded or brazed to copper-nickel tubes. The tubes 
are U-shaped and arranged between inlet and outlet head- 
ers. The steam supplied is condensed by the incoming cold 
air and the condensate is removed by steam traps. The 
latent heat of this steam, which would otherwise be re- 


jected in a condenser, is returned to the boiler via the hot 
air. 

1.4 Boiler Term* end Definitions, The location of some 
of the more important boiler elements is shown in Fig. 3. 
For an understanding of marine boiler technology, a re- 
view of the applicable terms and definitions of various 
essential boiler parts may be helpful. The following terms 
and definitions are based on the standards of the Ameri- 
can Boiler Manufacturers Association [10] and on day-to- 
day usage: 


Air (pre) heater 

The heat-transfer appa- 
ratus through which air 
is passed and heated by 
a medium of higher 

t 

temperature, such as 


the products of combus- 


tion or steam. 

Attemperator 


(desuperheater) 

and controlling the tem- 
perature of a super- 
heated vapor. 

Briekpan 

steel work which sup- 
ports the furnace floor. 

Brickwork 

of the furnace. 

Casing . 

plates and structure 
used to enclose all or a 
portion of a steam gen- 
erator unit. 

Chemical feed pipe 

drum through which 
chemicals for treating 
the boiler water are in- 
troduced. 

Circulation ratio 

. . . The ratio of water en- 

tering a circuit to the 
steam generated within 
that circuit. 

Downcomer 

A tube in a boiler or wa- 
terwall system through 
which fluid flows 
downward. 

Dry pipe 

* . , A perforated or slotted 

pipe or box inside the 
steam drum which is 
connected to the steam 
outlet. 

Economizer. 

A heat recovery device 
designed to transfer 
heat from the products 
of combustion to a fluid, 
usually feedwater. 

Feed pipe 

The pipe used to distrib- 
ute the feedwater inside 
the boiler steam drum. 
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GAS OUTLET 



HORIZONTAL-TYPE AIR HEATER 
ON HCAOER BOILER 


Fig. 13 Tubular air heaters 


GAS OUTLET 



HORIZONTAL- TYPE AIR HEATER 
ON TWQ'ORUM BOILER 


Firetube 

ing water on the outside 
and carrying the prod- 
ucts of combustion on 
the inside. 

Floor tubes 

nace floor which if ex- 
posed to the products of 
combustion are gener- 
ating tubes but if ar- 
ranged beneath refrac- 
tory are used as supply 
tubes to supply water to 
a drum or header. 

Forced circulation 

by mechanical means 
external to the boiler. 

Furnace screen 

tubes arranged across 
the furnace gas outlet. 

Furnace volume ....... 

the furnace or combus- 
tion chamber. 

Generating tube 

is generated. 

Header 

mit entry through a 
manhole. 

Heat release 

thermal energy above a 
fixed datum introduced 
into a furnace by the 
fuel. It is considered to 
be the product of the 
fuel delivered per hour 
and the fuel higher 


heating value, ex- 
pressed in Btu per hour 
per cubic foot of fur- 
nace volume. 

Heated downcomer. . . Any tube in a boiler 

generating bank in 
which water may flow 
from the steam drum to 
the water drum or 
header. 

Heating surface That surface which is 

exposed to the heating 
medium for absorption 
and transfer of heat to 
the heated medium, in- 
cluding any fins, gills, 
studs, etc. attached to 
the outside of the tube 
for the purpose of in- 
creasing the heating 
surface per unit length 
of tube. 

Ligament (tube) * , The minimum distance 

between two adjacent 
tubes. 

Moisture-in-steam Particles of water car- 

ried in steam, usually 
expressed as the per- 
centage by weight 

Mud, lower, or water drum . A pressure chamber of 

a drum or header type 
located at the lower ex- 
tremity of a watertube 
boiler convection bank 
which is normally pro- 
vided with a blowoff 
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DRIVE 

mechanism 


SEALS 


AIR OUT 


ROTOR GAS IN 
[a) Assembfy 


AIR IN 


GAS OUT 



Fig. 14 Rotary regenerative air heater with replaceable cold*end boskets 


valve for periodic re- 
moval of sediment col- 
lecting in the bottom of 
the drum. 

Natural circulation Circulation of water in 

a boiler caused by the 
difference in density be- 
tween the water in the 
downcomers and the 
water-steam mixture in 
the generating tubes. 

Radiant heat absorbing , , . , The projected area of 
surface (RHAS) tubes and extended me- 

tallic surfaces as 
viewed from the fur- 
nace. Included are the 
walls, floor, roof, and 
partition walls in the 


plane of the furnace 
exit screen, 

T?P heater Heat-transfer appara- 

tus for heating steam 
after it has given up 
some of its original heat 
in doing work. 

R i ser A tube through which 

steam and water passes 
from an upper wa- 
terwall header to the 
steam drum. 

Steam baffling The plates, centrifugal 

separators, or baffles 
arranged to remove en- 
trained water from the 
steam. 
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to} Assembly of typical section U) Crimped spiral fin 

Fig. 15 Steam air heater 


Steam or steam-and-. 
water drum 


Superheater 


Tangent-tube wall 


Tube bank 


A pressure chamber lo- 
cated at the upper ex- 
tremity of a boiler circu- 
latory system in which 
the steam generated in 
the boiler is separated 
from the water and 
from which steam is dis- 
charged at a position 
above a water level 
maintained therein. 

A group of tubes which 
absorbs heat from the 
products of combustion 
to raise the tempera- 
ture of the vapor pass- 
ing through the tubes 
above the saturation 
temperature corres- 
ponding to its pressure, 
A waterwall in which 
the tubes are substan- 
tially tangent to each 
other with practically 
no space between the 
tubes. 

A group of two or more 
rows of tubes forming 
part of a watertube 


Tube sheet . . . . . 

Unheated downcomer 

Watertube , . , 

Water-cooled furnace 

Welded, mono-wall, or 
membrane wall 


boiler circulatory sys- 
tem and to which heat 
is transferred from the 
products of combustion 
mainly by convection. 
The part of the drum or 
header which the ends 
of the tubes penetrate, 
A tube not exposed to 
the products of combus- 
tion in which water may 
flow from the steam 
drum to the water drum 
or header, 

A tube in a boiler hav- 
ing the water and steam 
on the inside and the 
products of combustion 
on the outside, 

A furnace wall con- 
taining water tubes ar- 
ranged to form a wa- 
terwall. 

A waterwall in which 
the tubes are welded to- 
gether (or to filler bars 
between them) to form 
a continuous furnace 
wall. 
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Section 2 

Considerations in the Selection of a Boiler 


2.1 General, Many factors influence the design and 
selection of steam generating equipment to produce the 
required quantities of steam at the design pressure and 
temperatures for a particular installation. Efficient opera- 
tion when burning the various fuels available throughout 
the world is a requirement. The boiler also must fit easily 
and conveniently within a minimum of engine room space, 
yet be accessible for operation, inspection, and mainte- 
nance. Although light in weight, it has to he sufficiently 
rugged to operate dependably under adverse sea condi- 
tions. Operation over a wide load range, with a minimum 
of attention, and operating characteristics compatible 
with a high degree of automation are also required. The 
factors used in both the thermal and structural design 
must be conservative to provide assurance that continu- 
ous operation over extended periods of time will be pro- 
vided with minimum maintenance. Finally, the boiler must 
meet the rules and regulations of the regulatory bodies. 

2.2 Cycle Requirements. The design of a marine boiler 
is directly affected by the heat cycle selected by the ship's 
designer. Higher steam pressures and temperatures may 
make reductions in the size and weight of a given propul- 
sion plant possible, or permit a higher horsepower in stall a* 
tion in the same space. During World War II, most combat 
naval vessels operated at 600 psig-850 F while steam to 
450 psig-750 F was widely used in merchant ships. In 
the postwar era the Navy advanced to 1200 psig-950 F 
(nominal) for its combat vessel construction. In the late 
1940's and 1950's a significant number of merchant ves- 
sels appeared using steam at 600 psig-850 F and 850 psig- 
850 F, By the 1960's almost all new construction used 850 
psig-950 F steam; several large vessels used steam (in 
some cases with reheat) at 1500 psig-950 F, Machinery 
plants utilizing steam at pressures of 850 to 1500 psig and 
temperatures from 950 to 1000 F are characteristic of 
most commercial steamships built in recent years. 

The quantity of steam produced by a marine boiler can 
range from as little as 1500 lb/hr in small auxiliary boilers 
to over 400,000 lb/ hr in large main propulsion boilers. 
Steam outputs of 750,000 Ib/hr or more per boiler are 
practical for high-power installations. 

2.3 Heat Balances. The fuel cost per shaft horse- 
power is one of the deciding factors m establishing the 
characteristics of the boiler installation and whether or 
not the installation is economically sound. The fuel rate 
can be decreased by the use of higher steam pressures 
and temperatures or a more sophisticated cycle can be 
employed by the use of reheating, economizers, air heat- 
ers, more stages of feed heating, etc. The designer must 
analyze these factors in light of initial cost, maintenance, 
weight, and space requirements versus the savings re- 
sulting from increased thermal efficiency. 


As steam pressures increase, it is essential to use addi- 
tional heatfreclaiming equipment in the boiler unit This is 
because of the corresponding increase in saturated steam 
temperature, which results in a higher gas temperature 
leaving the boiler bank and thereby reduces the boiler 
efficiency at a given firing rate. 

Reheating the steam improves the thermal efficiency 
but requires larger boilers and special provisions to pro- 
tect the reheater during astern operation. High steam 
pressured and temperatures, along with reheating, are 
more likely to be used in installations of 30,000 shp and 
up, where the value of the fuel saved may well justify 
greater initial cost and cycle complication. In addition, the 
load factor in such vessels is apt to be much higher, giving 
added impetus to the establishment of more efficient de- 
signs [11], 

It is from the detailed heat balances prepared by the 
marine engineer that the quantities of steam and feedwa- 
ter flow are determined. In the usual plant from two to 
four stages of feedwater heating are used to supply water 
to the boiler at temperatures from 270 to 400 F. 

Boiler efficiencies of over 90% are possible. However, 
to minimize corrosion and maintenance in the cold-end 
heat exchangers and uptakes, it may prove advantageous 
to limit the boiler efficiency to 88,5-90% with some fuels. 
Fuel oils vary widely in quality and often contain signifi- 
cant amounts of sulfur, which can form sulfuric acid if 
there is condensation in the exhaust gas path. Corrosion 
and maintenance costs should be balanced against the 
possible savings in fuel costs derived from a higher boiler 
efficiency, 

2,4 Fuels and Mathads of Firing. The characteristics 
of the fuels that will be available to the ship in its usual 
trade should be established early in the design process. 
This will permit the optimum selection of equipment for 
burning the fuel and cleaning the boiler. In addition, a 
suitable selection of uptake temperatures and materials 
can be made for the entire boiler plant so as to reduce 
corrosion and maintenance problems. 

Most marine boilers are oil fired, with gas- and coal- 
fired boilers less common. At sea, tankers designed to 
carry liquefied natural gas (LNG) may use the natural 
boil-off from their cargo gas tanks as a supplemental fuel 
This cargo gas boil-off is collected and pumped to the 
boilers where it is burned either by itself or in combination 
with oil The quantity of boil-off available from the lique- 
fied natural gas is a function of ambient sea and air tem- 
peratures, the ship's motion, and the cargo loading, 
among other things, and may vary from day to day. 

For years boilers using coal for fuel were hand or stoker 
fired. As oil became readily available and relatively inex- 
pensive, and as labor and air-pollution control costs rose, 
the use of coal declined. Various attempts were made to 
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use pulverized-eoal firing, which was widely used ashore, 
but the results were poor since the furnace volume neces- 
sary for flame travel low heat release rates, and satisfac- 
tory combustion when firing with pulverized coal required 
a considerably larger furnace than could be installed in 
the space usually allocated to a marine boiler. 

Drawing from shoreside practice, radiant boilers with 
very large furnaces and relatively small banks of generat- 
ing surface have been provided for recently built coal- 
fired ships. These units were built with updated stokers, 
controls, and coal-handling equipment, which demon- 
strated the capability of operating in a periodically un- 
manned engine room environment. 

Pulverized-eoal firing results in a high fly-ash loading 
of the flue gas, which aggravates tube erosion, slagging, 
and stack-emission problems. These are important con- 
cerns in marine boiler applications. However, a fluidized- 
bed combustion technique may permit increased furnace 
loadings with significant reductions in slag and ash carry- 
over to the generating banks, as well as reduced stack 
emissions. The combustion characteristics of other low- 
grade fuels may also be enhanced by the use of a fluidized- 
bed fired boiler. 

Oils were used as boiler fuels as early as the 1870' s but 
did not achieve widespread use until the automobile age 
required a worldwide petroleum Industry. Compared with 
other fuels, oil is easily loaded aboard ship, stored, and 
introduced into the furnace; and the firing equipment re- 
quires little costly maintenance. The small amount of ash 
and contaminants it contains does not require the exten- 
sive ash-handling facilities required for coal firing. 

It should be recognized that fuel oils from different 
sources, while similar in heating value, have varying 
amounts of contaminants, which may be harmful in vari- 
ous ways. The major contaminants consist of salts of va- 
nadium and sodium. As a class, they are called “ash" and 
their presence must be fully taken into account by the 
designer. Likewise, the sulfur content may vary over a 
range from almost none to as much as 6-7% in “sour" 
crudes; sulfur has a decided effect on the cycle efficiency 
which can be obtained without serious corrosion in the 
economizer, air heater, and uptakes. 

The compounds of vanadium and sodium affect the de- 
sign of the superheater. If oils to be burned in a particular 
trade are especially rich in these constituents, the super- 
heater can be designed with tube metal temperatures 
lower than normal to avoid the possibility of severe slag- 
ging and tube metal corrosion problems. Cold-end heat 
exchangers designed with full recognition of the sulfur 
content present in the fuel will experience a minimum of 
corrosion and expensive maintenance. 

A boiler designed to take advantage of low-cost residual 
fuel oils can always bum lighter fuels if the situation 
justifies it. However, a boiler with tightly packed heating 
surfaces designed for light oils such as diesel or aviation 
turbine fuels would not perform satisfactorily on residual 
fuels for very long. Gas-side fouling and oil burner and 
combustion problems in the furnace could be anticipated. 


2.5 Effect of Ship Design and Other Machinery an Boiler 
Design. Factors such as space, weight, and the require- 
ments of the regulatory bodies are major considerations 
in the design of a boiler. In addition, however, the prospec- 
tive vessel owner or his naval architect may have prefer- 
ences regarding the boiler design and specific design re- 
quirements. These preferences may include the number 
of boilers, types of boilers and their arrangement, loca- 
tions of major connections, the use of economizers or air 
heaters or both, firing, and evaporative ratings, and the 
type and method of firing. Life-cycle costs can have a 
bearing on the preference likewise, since the total cost 
and labor involved in maintaining a previous design or 
construction may be reflected in the owner's specifica- 
tions and result in the selection of an improved design and 
construction. 

a. Space. The space provided for the machinery is 
held to a minimum by the naval architect because the 
space occupied by the machinery produces no revenue. 
The boiler designer is usually required to adapt the boiler 
design to the available space. The boiler height may be 
limited by deck or machinery casing locations. The fore- 
and-aft or depth dimension of the boilers may be con- 
trolled by bulkhead locations, access, or tube renewal 
space requirements as well as the location of control con- 
soles, main engines, etc. 

To a large extent the available space determines the 
economy of the design. A height restriction is particularly 
serious, since it usually necessitates increased boiler 
width or length to obtain the required heating surface. 
This generally results in a marked increase in boiler cost, 
weight, and the base area occupied. 

b. Weight, With drum-type boilers, the minimum 
weight for maximum efficiency is obtained with minimum 
furnace depth, maximum tube length, and the maximum 
number of tube rows. Limiting the height may restrict 
capacity because of reduced circulation. It may also result 
in tube slopes and in burner clearances less than the mini- 
mum necessary for a good design. 

The minimum weight of any type of boiler will vary 
considerably with design conditions; increases in evapora- 
tive rating, burner capacity, or air pressure decrease the 
weight of a boiler designed for a specified steam output. 

With a fixed evaporative rate per square foot of heat- 
absorbing surface, the weight of a boiler per pound of 
steam generated will be less for boilers with greater 
steam output, since certain boiler parts remain fixed In 
size and weight over a reasonable range in capacity. 

Weight is greatly dependent on space also. Generally 
the larger the physical dimensions of a boiler for a given 
output, the greater Its weight 

c. Regulations. The ocean environment is no place 
to test unproven principles. This became evident in the 
early days of steamship construction when it was recog- 
nized that some rules and regulations were necessary to 
protect life and property. These rules were not intended 
to inhibit the designer or innovator but rather to provide 
a sound basis and yardstick for comparison of new designs 
with older successful designs. 
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Disastrous boiler explosions, common to both marine 
and stationary boilers, resulted in the establishment of 
a steam boiler inspection service and strict regulations 
governing the construction, care, and operation of steam 
boilers. In the design of marine boilers the applicable reg- 
ulatory rules and standards must be rigorously followed. 
Most units built for Amerieamflag ships meet the require- 
ments of the United States Coast Guard and the American 
Bureau of Shipping. 

Boilers for naval combatant ships are built in accord- 
ance with Navy specifications, although for auxiliary na~ 
val vessels the use of the United States Coast Guard or the 
American Society of Mechanical Engineers codes often is 
permissible. For foreign-flag ships, the rules and regula- 
tions of other regulatory bodies would apply. In addition, 
many shipyards and operators of large fleets have estab- 
lished their own supplementary requirements. 

Most rules pertain to construction and the inspection 
and approval of materials, and establish very few per- 
formance limitations. Although Navy specifications limit 
the heat release rates per cubic foot of furnace volume, 
per square foot of radiant heat absorbing surface, and 
per square foot of total heating surface, these limits may 
be modified in the special specifications issued for a partic- 
ular class of vessel. The Maritime Administration follows 
a somewhat similar procedure and usually establishes 
evaporative and furnace heat release rates for each 
design. 

2.6 Boiler Design Criteria, Theoretical and practical 
considerations have led to the establishment of boiler de- 
sign criteria in a number of areas not directly associated 
with the regulatory bodies' rules, which concern mainly 
pressure-part scantlings and construction techniques. The 
design criteria are most important in the areas of combus- 
tion, heat absorption rates, circulation, and pressure drops 
through the boiler system. They provide the yardstick by 
which various boiler designs can be compared for their 
suitability for specific applications. 

a. Combustion. At the heart of a successful boiler 
is a properly designed furnace and fuel burning system. 
If the fuel supplied to the furnace is not burned cleanly 
and completely within the furnace throughout the range 
of operation, it will not be possible to accurately predict 
the performance of the evaporator-superheater combina- 
tion. For example, the total steam generated may be insuf- 
ficient, the steam temperature may be incorrect, or the 
efficiency may be lowered by incomplete combustion or 
improper excess air. 

A number of criteria by which combustion in furnaces 
can be gaged and by which different furnaces dkn be 
compared have been developed [12]. In general, with the 
exception of the furnace heat absorption rate which is 
derived from the actual heat-transfer calculations devel- 
oped for the furnace, they are empirical relationships with 
little theoretical value; however, they can be used to com- 
pare similar boiler designs provided their limitations are 
recognized. 

The criteria most frequently used for these compari- 
sons are; 


* Heat release rate per cubic foot of furnace volume. 

* Firing rate per square foot of radiant heat absorbing 

surface. 

* Heat absorption rate per square foot of radiant heat 

absorbing surface. 

A brief review of these factors will serve to indicate their 
importance and usefulness. 

The heal release rate per cubic foot of furnace volume 
is useful in comparing geometrically similar furnaces, hut 
while widely used because of its simplicity, it is not an 
important criterion. The heat released is the product of 
the hourly fuel rate and its higher heating value, ignoring 
any heat above 100 F in the combustion air. 

If radifmt heat absorption rates, furnace gas tempera- 
tures, and furnace tube metal temperatures are satisfac- 
tory, the only limitation on the heat release rate per cubic 
foot of furnace volume should be that imposed by the 
ability of the firing equipment to maintain good combus- 
tion conditions. The use of a high, yet satisfactory, fur- 
nace volume heat release rate greatly facilitates the in- 
stallation of high^apacity, lightweight boilers in a 
minimum of space. 

The temperature within a boiler furnace can be con- 
trolled to a large extent by the effective radiant heat 
absorbing surface (RHAS) present in the furnace [12]. 
Heat is radiated from the flame envelope to the heat- 
absorbing surfaces with the uncooled refractory surfaces 
acting as an intermediary, receiving heat from the flame 
and then re-radiating most of the received heat back to 
the flame and cold surfaces. For a given heat input or 
firing rate, the heat absorbed per unit area decreases with 
an increase in total RHAS. The greater the RHAS the 
greater will be the total amount of heat absorbed by the 
furnace. Therefore, the temperature of the gases leaving 
the furnace will be lower. 

As marine boilers are normally fired with residual fuel 
oils of nearly uniform heating values, the Btu input can 
be reduced to pounds of fuel oil per hour and the criterion 
“firing rate per square foot of radiant heat absorbing 
surface" is obtained. This popular criterion has little basis 
in theoretical heat-transfer analysis but is widely used. 

The heat absorption rate per square foot of radiant heat 
absorbing surface received very little attention for many 
years because furnace designs were conservative and 
steam pressures were low. However, it is mandatory to 
determine the furnace heat absorption rates for high-pres- 
sure and highly rated boiler units. These rates offer a 
good basis for comparing furnace performance since the 
relationships between heat-absorbing and radiant sur- 
faces, as well as the effect of heated combustion air, are 
taken into account 

The designer is concerned primarily with furnace heat 
absorption by radiation to the furnace wall tubes and by 
radiant and convection heat transfer to the furnace rows 
of the boiler tube bank — because these are the base from 
which the furnace exit gas temperature, tube metal tem- 
peratures, thermal stresses, and allowable thickness of 
internal scales are calculated. 
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The higher the absorption rates, the better the water 
chemistry has to be to avoid scale and sludge deposits 
which retard heat transfer through the furnace tube 
walls. If the resulting tube metal temperatures exceed 
the allowable limits, early and sudden tube failures will 
result 

b. Circulation. Natural-circulation boilers depend 
on the heat inpot to establish differential densities be- 
tween the steam-and-water mixture flowing in the riser 
or generating circuits and the water flowing downward 
in the downcomer circuits. The geometry of the boiler 
plays a part in this since the boiler must be designed to 
circulate regardless of the angle of list or trim of the 
vessel and the roll or pitch it may experience in a seaway. 
In this regard the circulation of a marine boiler has more 
demands placed on it than a corresponding shoreside 
boiler. In addition, the heat input and the steam output of 
the marine boiler are probably higher than for a compara- 
ble application ashore. 

It is customary to consider a momentary roll of 30 deg 
from the horizontal and a momentary pitch of ±5 deg 
when computing static and dynamic loads. In establishing 
circulation, boilers are usually designed for a permanent 
list of 15 deg and a permanent trim by the bow or stern 
of 5 deg. The latter, when coupled with the momentary 
pitch of 5 deg, means that in the fore-and-aft direction the 
boiler may be as much as 10 deg from the horizontal 
The arrangement of the tubes and steam-and-water drum 
must take this into account In addition, drains must be 
located so that under normal conditions the boiler and 
its component parts can be drained when necessary for 
cleaning and inspection. 

The size of the steam drum and the location of the 
design water level must be compatible with the list and 
trim requirements of the vessel and provide a safe work- 
ing level of water adequate to cover the downcomers at 
all times. The location of the gage glasses showing this 
working water level should be such as to assure that a 
safe level is continuously maintained within the steam 
drum [13]. 

c. Pressure drops. The flow of water, steam, air, and 
flue gas within a boiler entails losses in pressure. A good 
design limits these losses to values consistent with the 
benefits obtained by incurring them. On the steam side, 
the pressure drop of water flowing through the econo- 
mizer and of steam flowing through the superheater pro- 
vides even distribution between parallel tube circuits and 
thereby assures that the tubes will be uniformly cooled 
by the particular fluid. Excessive pressure drops on the 
steam side result in an unwarranted increase in the design 
pressure of the boiler and the economizer. This increases 
the first cost and results in a heavier boiler and thicker 
piping, as well as additional feed pump power require- 
ments. 

Conversely, high combustion air and flue gas pressure 
losses can result in a smaller boiler since the tube banks 
can be arranged with less free space between adjacent 
tubes and the high velocities resulting from the higher 
pressure drops increase the convection heat-transfer 
rates. These higher heat-transfer rates permit the use of 


less surface and result in a smaller, lighter boiler for any 
given steam output The increased life-cycle cost associ- 
ated with this approach is reflected in the additional horse- 
power required to drive the forced-draft blower over the 
life of the vessel. 

d. Duty cycle. The utilization or duty cycle of a 
ship's propulsion system is an important factor in estab- 
lishing the type of boiler to be used, its firing equipment, 
and the extent of the automatic controls to be applied. The 
boiler must be capable of rapid response to changes in 
demand for steam output. This is necessary because of 
the rapid and wide changes in maneuvering power re- 
quirements of large, high-speed ships. The boiler must 
likewise be capable of prolonged periods of steady opera- 
tion at its design rating. Also, in port it may be subjected 
to long periods of operation at low or minimum outputs. 

Cleaning, with the exception of the daily use of the soot 
blowers or occasional attention to the atomizers in the oil 
burners, is normally deferred to the annual or biannual 
period when the vessel is in a shipyard for other mainte- 
nance. This must be fully taken into account by properly 
locating soot blowers so they are effective; by using the 
optimum burner combinations for the range of fuel-oil 
types anticipated to be bunkered; and by using the best 
possible arrangements of economizer, air heater, boiler 
furnace, and generating surfaces to minimize fouling. 

The duty cycle may also have a pronounced effect on 
the number of boilers selected. A single boiler may be 
employed in ships of up to about 90,000 shp. Two or more 
boilers may be selected for higher power levels or where 
redundancy is desired or required. Single-boiler vessels 
have proven reliable in service and should continue to 
do so. This is in part due to the fact that a boiler kept 
continuously in service reaches thermal equilibrium and 
can have the waterside chemistry optimized. In genera!, 
from a boiler performance point of view, the least number 
of boilers that can deliver the required steam will prove 
to be the best selection for any particular vessel. How- 
ever, most operators prefer more than one boiler to permit 
maintenance work to be accomplished without shutting 
down the entire power plant. 

e. Automation. The widespread use of automatic 
controls and monitoring equipment has made bridge con- 
trol of the power plant a reality and has permitted a reduc- 
tion in the number of watch standers in the machinery 
space. These desirable improvements have added addi- 
tional considerations to the problem of designing a suit- 
able boiler. 

Of prime importance is a fuel-burning system that can 
respond rapidly throughout the range of operation from 
standby to maximum power without a fireman's attention. 
It must do so to prevent excursions in steam pressure and 
reduce water level fluctuations {shrink and swell due to 
changes of the volume of steam present in the boiler), 
which might result in water carry-over into the super- 
heater [14]. 

Burners can be designed to operate over the full boiler 
range with all burners in sendee, or other burner types 
with less range can be sequenced, that is, placed in or out 
of service on command by the control system. Suitable 


200 


MARINE ENGINEERING 


flame-monitoring safeguards and purge interlocks are 
necessary in varying degrees of complexity depending on 
the extent of manual supervision desired. 

Feedwater regulators, steam temperature controls, 
data logging equipment for flows, pressures, tempera- 


tures, levels, etc. are all available from the simple to the 
ultrasophisticated. The owner and his naval architect usu- 
ally select the scope of equipment and advise the boiler 
designer so that the boiler and burner combination can be 
made compatible with it. 


Section 3 4 

Boiler Design 


General. The fundamental boiler design problem 
is to determine the proper proportions of the various heat- 
absorbing surfaces to use the maximum heat available in 
the products of combustion. A proper design will accom- 
plish this at the lowest cost on a life-cycle basis. Each 
component must be integrated with the other elements of 
the unit to provide a balanced design in which the first 
costs and fuel, maintenance, and operational costs will be 
a minimum over the useful life of the ship. In no way 
must safety or reliability be compromised by these cost 
considerations* 

For the steam generator system, the following must be 
considered: 

1. Fuel burning equipment 

2. Furnace 

3. Boiler generating surface 

4. Superheater {and re heater if used) 

5. Economizer and air heater 

6* Attemperaior (or control) and auxiliary desuper- 
heaters 

7. Circulatory and steam separator system 

8. Casing and setting 

9. Cleaning equipment 

10* Safety valves and other mountings 
11. Feedwater and treatment 
12* Foundations and supports 
13* Combustion air supply system 
14, Uptake gas duct system and stack 
These considerations require many interrelated steps. In 
most cases, a number of assumptions must be made in 
order to initiate the design. As the design calculations 
proceed, the assumptions are refined to achieve the de- 
sired accuracy in the final analysis. 

The first step is the selection of the basic type of boiler, 
superheater, and economizer or air heater (or both) to be 
used* This selection is based in part on preference and in 
part on the space available for the installation and its 
operating requirements. * 

The quantity of fuel required is determined from the 
desired steam generator efficiency, the given steam pres- 
sure, temperature, and flow, the feedwater temperature, 
and the heating value of the fuel* 

The fuel characteristics and quantities establish the 
fuel burning equipment to be employed. This in turn sets 
the excess air requirements* Combustion calculations are 
next made to determine the hourly quantities of flue gas 
flowing through the unit The exit or stack gas tempera- 



STACK GAS TEMPERATURE, F 
Fig. 16 Efficiency versus stpck-gos temperoTure 

ture to which the flue gas must be cooled to achieve the 
desired efficiency is determined (Fig* 16); and if experi- 
ence indicates that it is attainable or otherwise satisfac- 
tory, the design can proceed. If not, another selection of 
efficiency must be made and the calculations repeated* 
The furnace exit gas temperature is next calculated. Its 
value is dependent on the radiant and convection heat- 
transfer surface installed in the waterwalls, floor, roof, 
and screen (radiant only) as well as the extent of refrac- 
tory present. Next, the gas temperature drops and the 
heat absorbed by the screen and superheater are deter- 
mined. The size and spacing of tubes and the amount of 
surface are assumed initially* These are then modified to 
provide the desired steam temperature and conservative 
tube metal temperatures as necessary. Usually several 
screen and superheater combinations are investigated to 
determine the most economical solution. 

The boiler bank, economizer, and air heater surfaces 
are then sized to provide the final uptake gas temperature 
required. In each of the steps just outlined, initial choices 
of thicknesses and types of materials for tubes, headers, 
and drums are made. 
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With the heating surfaces established, the draft loss 
through all components is calculated. If the draft loss 
exceeds the capability of the fan desired, the heat transfer 
and drafts previously calculated are adjusted by changing 
the tube spacing, number of rows crossed or the depth or 
height of the boiler components* A different number or 
size of oil burners may be necessary to assist in achieving 
a final balance of draft requirements and fan capabilities. 

Pressure drops of water and steam through all compo- 
nents from the economizer feedwater inlet to the super- 
heater outlet are next computed. They, in turn, establish 
the required boiler and economizer design pressures and 
the safety valve settings* A circulation analysis is then 
prepared using the heat absorptions determined from the 
heat-transfer calculations. From this, the size and number 
of supply and riser tubes are adjusted as required. 

The foregoing steps are followed for each design. How- 
ever, with experience the designer can make very close 
first approximations and substantially reduce the time 
required to prepare a design. 

3*2 Fuel Combustion. The basic function of a boiler 
furnace is to generate the maximum amount of heat from 
a given quantity of a specific fuel* A useful secondary 
function is to generate steam in the furnace wall tube 
circuits. The theoretical aspects of combustion have been 
well known for many years. However, the achievement of 
good combustion within the furnace of a relatively small 
marine boiler requires practical knowledge and experi- 
ence. Complete combustion can be obtained provided there 
is sufficient time {a function of furnace volume), turbu- 
lence (provided by the geometry of the burner assembly), 
and a temperature high enough to provide ignition. 

Combustion may be defined as the chemical combina- 
tion of oxygen with the combustible elements in the fuel* 
The common fuels have only three elemental constituents 
which unite with oxygen to produce heat. The elements 
and their compounds, as well as their molecular weights 
and combustion constants, including heating values, are 
given in Table I. 

Oxygen combines with the combustible elements and 
their compounds in accordance with the laws of chemistry* 
Typical reactions for the combustible constituents of fuel 
oil, based on the assumption that the reaction is completed 
with the exact amount of oxygen required, are: 

for carbon (to C0 2 ) C + 0 2 — C0 2 + A Q 

for hydrogen (to H 2 0) 2H 2 + 0 2 = 2H 2 0 -T A$ 

for sulfur (to S0 3 ) 2S + 30 2 = 2S0 3 fi Q 

where A(? is the heat evolved by the reaction. 

The heat evolved or heat of combustion is commonly 
called the “fuel heating value 11 and is the sum of the heats 
of reaction of the various constituents for one pound of 
the fuel considered. The heating value of a fuel may be 
calculated from theoretical considerations or may be de- 
termined, for an actual oil, by burning a sample in a bomb 
calorimeter (see Chapter 12 for additional discussion in 
this regard)* 

In testing fuels by a bomb calorimeter to determine the 
heat given up, two values may be reported: the higher (or 
gross or upper) heating value and the lower or net heating 


value* For the higher heating value, it is assumed that 
any water vapor formed by burning the hydrogen constit- 
uent is all condensed and cooled to the initial temperature 
in the calorimeter at the end of the test. The heat of 
vaporization, about 970 Btu/lb oil, is included in the re- 
ported heating value* For the lower heating value, it is' 
assumed that none of the water vapor condenses and that 
all the products of combustion remain in a gaseous state. 
In the United States higher heating values are used as 
they are available directly from the calorimeter determi- 
nations and because of the established practice of buying 
fuel on a higher heating value basis. The tower heating 
values are generally used in European practice* 
a* Fuel analysts. For design and comparative pur- 
poses, the standard reference fuel oil is ^6 fuel oil (Bunker 
C) having the following characteristics [15]: 

Chemical Composition 
(percent by weight) 

Carbon 87.75 

Hydrogen 10.50 

Sulfur 1.20 

Oxygen 0.40 

Nitrogen 0,15 

Moisture — 

Total 100.00 

The higher heating value of the standard reference fuel 
as determined by a bomb calorimeter and corrected for 
specific heat at constant pressure is 18,500 Btu per lb. 
The base temperature for heat content is established as 
100 F, For design and heat, balance calculations the heat- 
ing value of the oil is corrected for the additional heat 
added (m Btu/lb) in heating the oil to the temperature 
(assumed to be 200 F) necessary for proper atomization 
by the following expression; 

Added heat = 0.46 (atomizing temperature — 100 F) 

The total heating value of the reference oil is, therefore, 
18,546 Btu per lb and is used for all types of atomization 
including steam atomization, 
b. Combustion air. The oxygen required for com- 
bustion is supplied by the combustion air. The other con- 
stituents of the air act as diluents. Atmospheric air is a 
mixture — as distinguished from a chemical compound—of 
oxygen, nitrogen, and small quantities of carbon dioxide, 
water vapor, argon, and other inert gases. The basic com- 
position of dry air for combustion purposes is considered 
to be: 

% Oxygen % Nitrogen 

By weight 23*15 76.85 

By volume 2L00 79.00 

The rare gases are included as part of the nitrogen con- 
stituent * 

Air is assumed to be supplied to the forced-draft fan at 
a temperature of 100 F, a relative humidity of 40 percent, 
and a barometric pressure of 29.92 in* Hg. Under such 
conditions air has the following physical properties: 
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H J( erd S ccnlents of fool oil 


Dry-air density, lb/ft a 
Moisture, lb/lb of dry air 
Mixture density, Ib/ft 3 
Specific heat 


0*0709 

0*0166 

0*0701 

See Fig. 3 of Chapter 2 


Based on the foregoing fuel and air standards, analysis 
will show that the stoichiometrical or theoretical quantity 
of dry air to burn one pound of fuel is 13*75 3b. From 


this, the following quantities 

of air 

for various excess 

percentages are determined: 





Excess air, percent 

0 

5 

10 

15 

20 

Dry air, lb 

13,75 

14.44 

15.13 

15.81 

16,50 

Moisture, lb 

0.23 

0.24 

0.25 

0.26 

0.27 

Moist air, lb 

Volume, ft 3 (at 100 F, 

13.98 

14.68 

15.38 

16.07 

16.77 

29.92 in* Hg) 
dry air 

194 

204 

213 

223 

233 

moist air (40% RH) 

200 

210 

220 

230 

240 


m 


The ultimate analysis of the fuels actually encountered 
service varies from that of the standard reference fuel 


Figure 17 shows the effect of these variations on the 
theoretical air required for combustion. As an example, a 
fuel consisting of 87,25 C, 12.0 H 2j 0.2 S, 0.4 0 3 , and 0*15 
N a would require 3,0 percent more air for stoichiometric 
combustion {+3*8% for H.>, —0*4% for C, —0.4% for S) 
[16]* 

To reduce the dry gas loss of heat up the stack, the 
weight of flue gases should be held to a minimum consist- 
ent with supplying enough air to completely burn the fuel* 
Recognising the foregoing, an operator should observe 
the results with the particular fuel oil bunkered and adjust 
the excess air to achieve complete combustion. However, 
in most cases, the design of a boiler is based on an air- 
fuel ratio sufficient to provide 15% excess air. While many 
oil burners and combustion control systems can operate 
successfully with less excess air, the use of 15% for design 
purposes assures sufficient heat-transfer surface and 
forced-draft fans with adequate capacity. For additional 
margin, when no air heater is installed, 20% excess air is 
frequently used. 

Often the excess air or air-fuel ratio is discussed in 
terms of C0 2 , which is readily obtained from an operating 
boiler by means of an Orsat analysis. An Orsat reading 
of 14% C0 2 corresponds to approximately 15% excess air. 
Figure 18 shows the relationship between C0 2 , 0 2 , and 
excess air* As the heat-transfer and draft calculations are 
based on the weight of air and flue gas, the use of the 
terminology f£ percent C0 2l ” which is a volumetric mea- 
sure, is of importance only m comparing oil burner per- 
formance* It is most useful where the oils used are of 
widely varying analysis from that of the standard refer- 
ence fuel* The excess air, or air-fuel ratio, can also be 
determined conveniently by using an oxygen analyzer; a 
reading of 3% oxygen corresponds to approximately 15% 
excess air. 

c* Efficiency. Boiler efficiency is defined as the ratio 
of the heat output to the heat input. The heat output is 
also equivalent to the heat input minus the losses* Stated 
in equation form; 


Heat output 

Efficiency = — ; * 

Heat input 


(1) 


Heat input — Heat losses 
Heat input 


For boilers not equipped with steam air heaters* this 
basic expression becomes: 


Efficiency = 



Hi - {H 9 + H j 

Hi 


(2) 


where 

Hi = heat input, higher heating value of fuel burned 
corrected for specific heat at constant pres- 
sure, plus heat above 100 F in the fuel injected 
H l - heat loss 
H g = stack loss 

H u = radiation losses unaccounted for and manufac- 
turer's margin 
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The heat output may also be defined as the difference 
in enthalpy between the incoming feedwater to the boiler 
or economizer, if fitted, and the steam leaving the boiler 
(both superheated and desuperheated). 

When steam air heaters are installed, the heat input 
from the steam is charged to the boiler total heat input 
and the efficiency becomes: 

(H, + HJ - H l 
Efficiency = - " 


= (Hj + HJ - (H g + HJ 
H t + H a 

where H a is the heat added above 100 F to the combustion 
air by the steam air heater. 

In the preliminary design process, one of these expres- 
sions is solved for the heat input H v from which the weight 
of oil fired is readily determined by dividing by the heating 
value of the design fuel, usually 18,546 Btu/lb. All quanti- 
ties determined are based on hourly flow rates. 

The required boiler efficiency is usually established by 
the specifications or heat balance. Along with the design 
steam pressure and temperature, it establishes the 
amount and arrangement of the heating surface installed 
in the boiler and economizer. The design steam pressure 
and the corresponding saturation temperature set the ef- 
fective “sink” temperature of the boiler generating bank; 
and the feedwater sets that of the economizer. In the case 
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Fig. \9 Change in efficiency toad 

jf an air heater installation, the sink is the temperature 
the inlet air to it, usually 100 F. A typical curve of 
efficiency versus load for a steam generator is shown in 
Fig, 19, Note that the efficiency decreases with increased 
steam output The quantity of hot flue gas to be cooled 
increases as more fuel is consumed to increase the steam 
output. As this occurs, the effectiveness of the fixed 
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amount of heating surface installed decreases and the 
efficiency drops. It is usual to size the surface of boilers 
for merchant ships to provide the desired efficiency at the 
rating corresponding to “ABS power/" The efficiency at 
the maximum or minimum rates is then a function of this 
design point and must lie on the characteristic efficiency 
curve, 

A practical ceiling on the boiler efficiency is imposed by 
the requirement to maintain the temperature of the up- 
take gas above the dew point of the flue gas. This mini- 
mizes sulfur-bearing deposits and corrosion of the cold 
end of the heat exchanger and ductwork. In economizers, 
corrosion leads to leakage and forced boiler outages; 
therefore, it is common practice to maintain a minimum 
feedwater inlet temperature of about 280 F, which results 
in a flue-gas temperature of about 315 to 320 F and limits 
the risk of corrosion. 

In a rotary regenerative air heater, a corrosion failure 
is non-catastrophic; therefore, a lower stack temperature 
(280 F or less) is practical and a correspondingly higher 
boiler efficiency is obtained. The cycle efficiency can be 
further improved through the use of high-pressure feed- 
water heaters to supply feedwater at temperatures which 
would be unpractically high in an economizer cycle, 

dx Oil burner selection. The choice of the type and 
number of oil burners to be used is dependent on the 
available draft loss, furnace dimensions, and the boiler 
firing rate. High-capacity, wide-range burners are usually 
selected for most installations to reduce the number of 
burners required and simplify maintenance and operation. 
The cost of control and flame safety equipment, as well 
as its maintenance, is thereby kept to a minimum. 

The size and arrangement of the engine room often 
affects the burner location. It is desirable to locate the 
burners adjacent to the control console for ease of visual 
monitoring and accessibility. In the two-drum boiler, burn- 
ers can be installed in the furnace front wall, roof, or 
sidewall. 

In the front-fired boiler, the gases are fired parallel to 
the boiler bank. They then make a 90-deg turn to enter 
the screen rows, and as the furnace depth is usually the 
shortest dimension the gas tends to pile up on the rear 
wall This heavy concentration of gas in the rear unbal- 
ances the gas temperatures, and makes the prediction 
of the steam temperature and superheater tube metal 
temperatures more difficult. On the other hand, with roof 
firing the gases are uniformly distributed over the depth 
of the boiler. Since furnace height is usually the longest 
dimension, there is less tendency to concentrate the gases 
before they turn into the superheater screen. 

Side firing, with the burners in the sidewall, requires 
that careful attention be given to design details. Since the 
gases make no turns before entering the screen, flame 
lengths tend to be extremely long. This can result in flame 
penetration of the screen and superheater banks with an 
adverse effect on the superheater tube temperatures and 
steam temperature [3], 

Usually, at least two oil burners are used so that one 
burner can be fired when cleaning or changing sprayer 
plates in the other. Ideally, a single burner per boiler 
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Table 2 Oil burner clearances 


Throat 

Diameter, 

in. 

Centerline 

Spacing, 

in. 

Wall 

Clearance, 

in. 

16 

30 

30 

20 

36 

34 

24 

42 

38 

30 

48 

42 

36 

54 

46 

42 

60 

50 


would greatly simplify the installation of controls and 
permit the furnace arrangement to be optimized. In rela- 
tively small boilers, it is possible to obtain the required oil 
rates with a single burner. In high-capacity boilers the 
large amount of fuel and air to be introduced into the 
furnace necessitates a multiple burner installation. 

Each size burner has a minimum rate of operation below 
which the flame becomes unstable and there is risk of 
losing ignition. In part this is a characteristic of the 
burner, but the forced-draft, fuel, and control systems 
also have an influence. The minimum rate is of great 
Importance since a much simpler plant results when all 
burners can be left in service at all times. When in port 
or during maneuvering conditions, the minimum oil flow 
capability must be less than that required by the plant 
demand, if frequent safety valve popping or steam dump- 
ing is to be avoided. Both of these actions waste steam 
and lead to increased maintenance. 

Burner sequencing can be used effectively to follow the 
load demand where burners with limited range or higher- 
than-desired minimum flows are used. Solid-state, com- 
puter-controlled logic systems are often used to sequence 
burners; however, this equipment can increase costs con- 
siderably [17]. 

Care must be taken in arranging the burners to provide 
for even air distribution to each burner within the windbox 
to optimize combustion with a minimum of excess air, The 
clearances between the burners and the furnace walls 
must be sufficient to prevent interference and impinge- 
ment. The furnace volume must be large enough to pro- 
vide the time necessary for complete combustion to take 
place before the gases enter the superheater screen. Satis- 
factory combustion has been obtained at furnace release 
rates of up to 1,500,000 Btu/ft 3 in marine boilers. 

Each burner manufacturer has his own recommended 
clearances and the shape of the flame can be adjusted to 
some extent to modify them when necessary. This is done 
by changing the spray angle of the atomizer. A wider 
angle is employed to shorten the flame length and produce 
a wide bushy flame while a narrower angle increases 
flame length and decreases width. The burner manufac- 
turer should always be given the opportunity to review 
the projected furnace design so the best possible installa- 
tion can be obtained. Generally suitable burner clearances 
are shown in Table 2. When firing Bunker C oil, it is 
customary to use the minimum clearances established by 
experience. These may be decreased, perhaps by six 
inches, if distillate oils are fired. Furnace depths of wa- 
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tertube boilers, which are front-fired, are usually limited 
to a minimum of six feet although there are highly rated 
boilers in service with furnace depths of only five feet. 

The selection of the oil burner must also be compatible 
with the type of atomizer to be used. The atomizer alterna- 
tives include: steam atomization (internal mix), steam me- 
chanical (external mix), mechanical wide-range vented- 
plunger, rotary cup, and others. Of these types, the inter- 
nal-mix steam atomizer and the vented-plunger atomizer 
have the highest turndown (about 12 to 1) and provide the 
smallest and most uniform particle size over their range 
of operation, Finely atomized fuel droplets provide more 
surface area for combustion and permit less excess air 
to be used, thereby reducing the draft loss, fan power 
requirement, and stack dry-gas loss. 

The number of burners selected usually results in a 
burner draft loss equivalent to about 35 to 50% of the 
total draft loss of the boiler unit. The burner draft loss 
varies with the volumetric flow of air through it. At any 
given airflow, a change in the temperature of the air will 
increase or decrease the draft loss in the ratio of the 
change of absolute temperatures. In designing a boiler 
with an air heater, it is standard practice to limit the 
air temperature leaving the air heater and entering the 
burners to no more than 600 F and preferably less to 
assure long life and prevent overheating of the burner 
parts. If the preliminary design yields an excessive air 
temperature, the designer must reapportion the surfaces, 
possibly adding a small economizer, to reduce the air 
heater air outlet temperature to an acceptable value. 

3.3 Furnace Design. After the firing rate and the 
number and type of oil burners are established, the design 
of the furnace is undertaken. As the amount of radiant 
heat absorbing surface provided determines the furnace 
exit gas temperature to a large extent, a selection from 
possible furnace construction alternatives must he made. 
There are two general types of boiler furnace wall con- 
struction: the refractory wall and the water-cooled wall. 
Originally all furnaces were simple brick-lined chambers. 
As firing rates were pushed higher and the output of a 
given size boiler was increased, the life of refractory walls 
and maintenance costs became totally unsatisfactory. 

To improve refractory life, water-cooling in the form of 
spaced tubes was arranged to absorb heat by radiation 
directly from the flame cloud. By this means the furnace 
temperatures were lowered and it was possible to increase 
the firing rate within a given furnace envelope [2,3]. Out- 
ages for repairs were minimized and the use of lower 
grade fuels became possible. 

With ever-increasing firing rates, the spaced tubes gave 
way to tangent-tube construction. Tangent tubes are de- 
fined as tubes so arranged that the gaps between them 
do not exceed V 4 in. [12]. Refractory and insulating materi- 
als are used behind the tubes and, in this protected posi- 
tion, they have an almost unlimited life. Another form of 
water-cooled wall is the welded wall, as illustrated by Fig. 
20, which is prevalent in boilers of larger size. In this type 
of construction, the tubes are assembled into panels by 
spacing the tubes and shop-welding filler bars between 
them on automatic welding machines. The tubes of the 


assembled panels are then field-welded to stub nozzles on 
the waterwall headers and drums when the unit is erected 
in the shipyard. From a performance standpoint, this type 
of construction is equivalent to the tangent-tube wall. 

For a number of years furnace floors have been water- 
cooled by means of horizontal tubes installed below a 
refractory covering. The water cooling, although slight, 
provided increased life for the floor refractory. The re- 
fractory was absolutely necessary to ensure long life of 
the floor tubes since a horizontal tube cannot tolerate 
high heat inputs to its upper surface. Any steam formed 
there tends to blanket the surface, driving up the tube 
metal temperature and leading to early failure [8]. 

After the selection of the type of water-cooled surface 
to be used and a preliminary furnace size and contour 
have be£n estimated on the basis of the number and ar- 
rangement of oil burners, it is possible to estimate the 
furnace exit gas temperature and heat release and heat 
absorption rates. Based upon the furnace and burner de- 
signs, the furnace heat release rates should be limited to 
those which will result in good combustion conditions and 
a boiler of minimum size. 

a. Exit gas temperature. For many years, accurate 
estimates of furnace exit gas temperatures were not nec- 
essary because of conservative firing rates and the use of 
saturated steam. Those units which generated super- 
heated steam usually had several rows of boiler tubes 
between the superheater and the furnace. Consequently, 
a large error in the calculated furnace exit gas tempera- 
ture had very little effect upon superheater performance. 
In units with superheaters located close to the furnace, 
however, the furnace exit gas temperature must be deter- 
mined accurately to assure a satisfactory superheater de- 
sign. In addition, an accurate determination of the heat 
absorption in the various furnace waterwall areas is nec- 
essary to provide adequate water circulation with a practi- 
cal number of supply and riser tubes. 

When estimating the furnace gas temperature, most 
designers use formulas based upon the Stefan-Boltzmann 
law, which states that the heat absorbed by radiation is 
proportional to the difference between the fourth powers 
of the absolute temperatures of the radiating bodies and 
receiving surfaces (see Chapter 2). However, in a boiler 
furnace the exact determination of radiant heat transfer, 
or heat absorption, is extremely complex and depends 
upon: the furnace size and shape; the radiant beam (mean 
distance from the radiating gas mass to the absorbing 
and the re-radiating surfaces); the partial pressure of the 
products of combustion; the amount, type, and effective- 
ness of the heat absorbing surfaces; the ratio of the heat 
absorbing to the refractory surfaces; the type, quantity, 
and heat content of the fuel; the amount of excess air; the 
temperature of the combustion air; the latent heat losses, 
the emissivity of the various surfaces and the radiating 
mass of gas; and the flame luminosity. Designers usually 
calculate furnace exit gas temperatures and heat absorp- 
tions by rational methods and then, as a check, plot the 
calculated values against empirical data derived from 
boiler tests [2]. 
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Fig, 20 Furnace wall construe* Eon 
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b. Radiant heat-absorbing surface. In evaluating 
the radiant heat-absorbing surface, the flat projected 
areas of the walls and tube banks are used [12]. The 
spacing of the tubes in the boiler bank adjacent to the 
furnace has no effect upon the furnace temperature, but 
with widely pitched boiler tubes a large percentage of 
the radiant heat is absorbed in the tube rows behind the 
furnace row. Furnace waterwalls and roofs usually con- 
sist of bare or covered tubes {Fig. 20) and, with the excep- 
tion of bare tangent tubes or welded walls, the effective- 
ness of the absorbing surfaces is less than the bJack-body 
coefficient of L0 considered for the furnace rows of boiler 
tubes, 

The furnace gas temperatures usually are not accu- 
rately estimated in preliminary analyses since the general 
design characteristics are of primary interest, and an ap- 
proximate estimate of furnace gas temperatures and heat 
absorption rates can be made with knowledge of the boiler 
and the firing conditions. Thus, with the assumed excess 
air, the heat content of the products of combustion and 
the adiabatic temperature can be determined. Further, the 
approximate furnace size provides an indication of the 
water-cooled surfaces and estimates can be made of the 
surface absorption effectiveness and the expected fur- 
nace gas temperature. In approximations of this nature it 
is usually desirable to estimate both the furnace tempera- 
ture and the heat-absorbing surface on the low side when 
firing oil. This increases the estimated furnace heat ab- 
sorption and assures a margin of reserve in the final de- 
sign. However, with coal firing it is more important to 
estimate the furnace gas temperature on the high side to 
preclude the possibility of operating with furnace temper- 
atures above the initial ash deformation temperature. 

In a boiler furnace, both the furnace exit gas tempera- 
ture and the heat absorption can be changed appreciably, 
for a given firing rate, by varying the amount of radiant 


heat absorbing surface. The furnace gas temperature and 
heat absorption also can be lowered, at any firing rate, by 
increasing the excess air {Fig. 21), except when operating 
with a deficiency of air. The additional air increases the 
weight of the products of combustion per pound of fuel 
fired. This decreases the adiabatic temperature since 
there is less heat available per pound of products of com- 
bustion; and, as indicated by the Stefan-Boltzmann law, 
lowering the radiating temperature reduces the heat ab- 
sorption rate. Generally, the radiating temperature is as- 
sumed equal to one third of the adiabatic temperature 
plus two thirds of the furnace exit gas temperature. 

e. Heat absorption rates. The furnace heat absorp- 
tion rate per square foot of radiant heat absorbing surface 
increases with larger heat release rates. However, the 
percentage of the total heat released, which is absorbed 
in the boiler by radiation, decreases with an increase in 
firing rate, and varies from as much as 50%, or more, at 
the low^er firing rates to about 15% at the higher firing 
rates; see Fig, 22. This results from the fact that the 
adiabatic temperature remains practically constant, ex- 
cept for changes due to variations in excess air and com- 
bustion air temperatures, over the entire range of boiler 
operation, while the temperature of the gases leaving the 
furnace and entering the tube bank increases with the 
firing rate. 

Even though the furnace heat absorption rates may be 
conservative, the furnace exit gas temperatures may be 
excessive with respect to ash fusion temperatures and 
slagging. This is true particularly in coal-fired boilers 
where the gas temperatures entering the tube bank 
should be less than the initial ash deformation tempera- 
ture. Because of the lower ash fusion temperatures of oil 
slags, they pass out of the furnace in a gaseous or molten 
state and are not amenable to control by reducing the 
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Fig. 2T Effect of excess dir on adiabatic and furnace gas temperature 

furnace exit gas temperature. They must be considered 
in the design of the superheater. 

d. Tube metal temperatures. In boilers, the heat- 
transfer rate across the boiling water film on the inside of 
the tubes may be as high as 20,000 Btu/ ft s -hr-F; however, 
when estimating tube metal temperatures, a transfer rate 
of only 2000 Btu/ft 2 -hr-F is usually assumed in order to 
provide a margin against the resistance of possible inter- 
nal deposits to heat transfer. Thus, with a heat absorption 
rate of 120,000 Btu/ft 2 -hr, the temperature drop across 
the water film is about 60 deg F and, unless exceptionally 
heavy tube walls are used, the temperature gradient 
across the tube metal is about the same. Consequently, 
with a steam pressure of 600 psig (489 F saturated steam 
temperature) and a heat input of 120,000 Btu/ft 3 -hr, the 
outside surface metal temperature of the furnace tubes 
usually does not exceed 620 F. With a tube metal tempera- 
ture of 620 F, there is a margin of about 330 deg F between 
the metal temperature and the allowable oxidation Tem- 
perature of carbon steel. However, the resistance to heat 
flow across internal tube scales is appreciable and it is 
good design practice to provide a tolerance for variations 
in the quality of the feedwater [8]. 

With adequate boiler circulation and proper feedwater 
quality, the heat input to the furnace tubes is limited 
only by the tube metal temperatures, thermal creep, and 
pressure stresses. 



Fig. 22 Relotto n$h Ip of radiant heat absorption and firing rote 

e. Design limitations. While there are no specific 
furnace exit gas temperatures which can be used as de- 
sign criteria for all types of boilers, they should be suffi- 
ciently high to maintain good combustion at all ratings, 
including port loadings. However at the same time they 
should not be so high as to cause high casing temperatures 
or excessive furnace maintenance. 

Because of the requirements for exceedingly light- 
weight and compact units for naval installations, evapora- 
tive ratings in naval boilers are three to four times greater 
than those common to most merchant installations. Conse- 
quently, the furnace exit gas temperatures in the full- 
power to overload range are about 2800 to 3050 F when 
firing oil with approximately 15% excess air. Adiabatic, or 
theoretical, flame temperatures are about 3450 to 3500 F 
with oil firing, 15% excess air, and 100 F combustion air. 
With combustion air temperatures of 300 to 350 F, the 
adiabatic temperatures increase to approximately 3650 to 
3700 F. 

Although furnace heat release rates vary considerably, 
practically all oil-fired merchant boilers are designed for 
heat release rates of 65,000 to 125,000 Btu per cubic foot 
of furnace volume per hour at normal rating— approxi- 
mately 15 to 20% of the corresponding full-power heat 
release rates on naval boilers [12]. 

The heat release rate per square foot of radiant heat 
absorbing surface is generally in the range of 200,000 to 
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250,000 Btu per hour on merchant boiler designs. Naval 
boilers are designed for ratings four to five times greater 
than those used for merchant marine boilers. 

Radiant heat absorption rates vary greatly, depending 
upon the firing rate and the amount of cold (water-cooled) 
surface in the furnace. Generally, a radiant heat absorp- 
tion of 120,000 Btu per square foot of cold surface per 
hour is considered satisfactory for continuous overload 
operation of merchant boilers with treated evaporated 
feedwater. This results in an absorption of about 100,000 
Btu per square foot of cold surface per hour at the full- 
load rating. 

There are merchant boilers in continuous service with 
radiant heat absorptions of approximately 150,000 Btu 
per square foot of cold surface per hour; and most naval 
boilers have been designed for radiant heat absorption 
rates of 150,000 to 200,000 Btu per square foot of cold 
surface per hour at overload rating, but operation at this 
rating is infrequent 

3,4 Bolter Tube Bonk. The arrangement of the boiler 
tube banks is established after development of the prelimi- 
nary furnace size. The simplest type of tube bank is that 
of a boiler delivering saturated steam. Usually two sizes 
of tubes are used in such banks. The tubes in the rows 
adjacent to the furnace absorb considerably more heat 
than those in the other rows and, therefore, should be of 
larger diameter to increase the water flow. The total 
heat input to the furnace row tubes is the sum of the radi- 
ant and convection heat transfers; in general, the con- 
vection heat transfer is approximately 5 to 20% of the 
radiant heat transfer. This relatively wide range in con- 
vection heat transfer results from variations in tube diam- 
eter, tube pitch, gas mass flow rate, and the temperature 
difference between the products of combustion and the 
tube surface. 

The number of tube rows installed is primarily depen- 
dent upon the circulatory system and the desired gas tem- 
perature leaving the tube bank. The gas temperature leav- 
ing the boiler tube bank varies with changes in steam 
pressure, firing rate, and tube size and arrangement (the 
tube arrangement may be either staggered or in-line). 
However, sufficient boiler heating surface must be in- 
stalled to obtain exit gas temperatures which result in 
economical operating efficiencies and do not require ex- 
cessive stack and breeching insulation. Generally, the exit 
gas temperatures should not exceed 750 F unless econo- 
mizers or air heaters are used. 

The resistance to gas flow can be v aried appreciably by 
changing the pitch of the tubes in a direction perpendicu- 
lar to the gas flow or from changes in boiler width, tube 
length, and the number of tube rows. 

Moderately rated drum- type boilers usually have 1^-in. 
tubes in the furnace rows, but these are increased to 2 in. 
in boilers of higher rating. One-inch and 1%-in. tubes are 
common in the main tube banks. There is no standard pitch 
for tubes. However, it is customary to use the minimum 
longitudinal tube pitch (direction parallel to the drum and 
perpendicular to the gas flow) consistent with good manu- 
facturing practice and acceptable drum design, unless the 
draft requirement or the type of fuel fired dictates the 


use of a greater pitch. Manufacturing and fabricating 
practices permit the use of ^-in. metal ligaments between 
1-in. or lH-in.-OD tubes. 

The circumferential, or back, pitch (direction parallel 
to the gas flow) of the tube usually is set to maintain 
circumferential or diagonal ligament efficiencies 1 equal 
to, or better than, the longitudinal ligament efficiency in 
the drums. Tube arrangements utilizing a minimum back 
pitch reduce the drum periphery required for a given num- 
ber of tube rows and allow the use of smaller-diameter 
steam drums provided the steam drum release rates are 
satisfactory. With such arrangements, the size and 
weight of the boiler can be reduced. 

When designing for high steam pressures, it is often 
necessary to increase the tube spacing in order to improve 
the ligament efficiency and reduce the thickness of the 
drum tube sheet [18]. If this is not done, large thermal 
stresses may be set up in the tube sheet. It also is possible 
to maintain close tube spacing and yet reduce the drum 
tube sheet thickness by using tubes with the ends swaged 
to a smaller diameter. 

The number of tube rows installed should be limited so 
that an unpractically large steam drum diameter is not 
required and so that heat absorption in the last tube rows 
is adequate to maintain good circulation. The tube length 
should be such that the total absorption per tube does not 
result in too high a proportion of steam in the water-steam 
mixture leaving the upper end of the tubes. 

Most marine boilers deliver superheated steam from 
convection-type superheaters. In these boilers, the gener- 
ating tube bank is arranged in two sections. The section 
between the furnace and the superheater is known as the 
“waterscreen* 1 and the other section, installed beyond the 
superheater, is called the * 'boiler bank' 5 or ''generating 
bank/' 

The size and arrangement of the waters ere en greatly 
affects the design of the superheater, A superheater lo- 
cated closer to the furnace behind a few rows of widely 
pitched tubes in the water screen provides a relatively flat 
steam temperature characteristic over a wide range of 
rating since the radiant and convection heat-transfer rates 
tend to complement each other. However, a superheater 
located farther away from the furnace radiation behind a 
deeper waters creen has a steam temperature characteris- 
tic which rises steeply with increased rating, due to the 
greater effect of convection and the reduction in radiation 
heat-transfer rates. 

Naval boilers usually have waterscreens consisting of 
three or four rows of tubes and merchant marine boilers 
generally have two- or three-row waterscreens In front of 
the superheater. Most of the heat transfer in the super- 
heater is due to convection and inter-tube radiation; how- 
ever, a spacing of the screen tubes usually can be selected 
to permit sufficient furnace radiation to the superheater 
to provide a relatively constant steam temperature over 
a wide range of rating. 


1 Ligament efficiency is the relative strength of the ligaments 

between adjacent tube holes in a drum or header as compared with 

a drum or header having no holes. 
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3.5 Superheater*. The superheater must deliver the 
specified steam temperature during the operating life of 
the boiler — not just during the initial trials or test opera- 
tions— and predicted performance must be maintained 
continuously with minimum variations in firing rate, air 
pressure, burner settings, and excess air. The design 
should avoid the necessity of unscheduled outages for 
cleaning, etc., in order to maintain performance. Of 
course, scheduled periodic boiler outages are required in 
any well-organized operating schedule. 

The design of the superheater is the most difficult and 
complicated of any of the boiler components as it affects 
many of the boiler's functional and mechanical features. 
An adequate steam pressure drop through the super* 
heater is required for good steam distribution and satis- 
factory tube metal temperatures and is an important fac- 
tor in establishing the boiler's design pressure. The design 
pressure dictates the thickness of the superheater tubes, 
which in turn is an important factor in the determination 
of superheater pressure drop and tube metal tempera- 
tures. 

The superheater's location affects its size and tube 
metal temperatures [2,3]. It also affects the design of the 
waterscreen and furnace, especially in high-temperature 
units. The location and tube arrangement have an impor- 
tant bearing upon possible slagging and this directly af- 
fects maintenance and outages. 

There are fundamental considerations common to all 
types of superheaters, which are designed to have a mini- 
mum of heat absorbing surface so as to reduce cost, si 2 e, 
and weight. Minimum surface can be obtained by increas- 
ing the heat-transfer coefficient and the temperature dif- 
ferential between the products of combustion and the 
steam since the total heat absorbed is the product of these 
two factors and the surface. Increasing the temperature 
differential takes advantage of the available temperature 
potential, while an increase of the heat-transfer coeffi- 
cient necessitates a larger resistance to gas flow. Full 
advantage should be taken of a high temperature differ- 
ence, but the entering gas temperature should not be so 
high as to result in excessive tube metal temperatures or 
high-temperature fuel ash corrosion (these are primarily 
a matter of location). The change in steam temperature 
with firing rate should be a minimum in order to prevent 
excessive temperatures during maneuvering and, again, 
this depends upon location. Steam velocities should pro- 
vide for good distribution of steam, minimum tube metal 
temperatures, and acceptable steam pressure drops, all 
of which require correlating the effects of size, location, 
and the arrangement of the steam passes. 

a. Types and characteristics. The radiant and con- 
vection-type superheaters are the two basic types. They 
are, as their names imply, superheaters which receive heat 
by radiant or convection heat transfer and they may be 
arranged horizontally or vertically. 

In the radiant type the steam temperature decreases 
with increased rating since the quantity of heat absorbed 
by radiation does not increase proportionally with steam 
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Fig. 23 Temperature characteristic* of radiant and convection super- 
heaters 


flow; see Fig. 23. In the convection type, the steam tem- 
perature generally increases with increased rating be- 
cause the heat absorption, due to greater heat-transfer 
coefficients and higher inlet gas temperatures, increases 
at a faster rate than the steam output. 

Most superheaters are a combination of the two basic 
types in which the designer builds m a radiant component 
to achieve a flatter temperature characteristic. Generally, 
“hairpin” tube arrangements, as illustrated by Fig. 24, in 
which the headers are connected to each other by U- 
shaped tubes, are used. Multiple-bend, or continuous-loop, 
designs are frequently used for high-pressure, high-tem- 
perature installations to reduce the number of tube joints 
and the thickness of the headers. 

b. Arrangement of steam passes. The steam pass 
arrangement must result in acceptable pressure drops 
and satisfactory tube metal temperatures. A change in 
the number of steam passes greatly affects the resistance 
to steam flow and tube metal temperatures but, in gen- 
eral, has only a small effect on the heat-transfer rate. 

The arrangement of the steam passes provides a good 
steam distribution if the resistance to flow in the tubes is 
high compared to that in the headers. The location of the 
inlet and outlet header connections also affects steam 
distribution. The aggregate tube flow area per pass 
should be less than the flow area in the inlet header in 
order to minimize the tendency for steam to bypass cer- 
tain tubes. 

The heat absorbed in each steam pass can be assumed 
proportional to the heat absorbing surface, unless there 
is maldistribution of the gas flow or the temperature dif- 
ferences between the products of combustion and the 
steam vary appreciably between steam passes. However, 
the increase in steam temperature per pass is not propor- 
tional to the heating surface, since the specific heat of 
superheated steam decreases with increased temperature. 
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(a) Three-posj hairpin laap type (bl Two-pasi continuous loop type 

Fig. 24 Schematic arrangement of hairpin and continuous-loop superheaters 


Accurate estimates of the steam temperature entering 
and leaving each pass are necessary to determine the 
resistance to flow and to design and arrange the dia- 
phragms in the superheater headers. If large quantities 
of heat are absorbed in each pass, the temperature differ- 
entials across the diaphragms are appreciable and high 
thermal stresses are set up in the headers. These stresses 
may be satisfactory insofar as strength is concerned, but 
they can cause leakage in superheater tube seats. When 
the temperature differential across the diaphragms is in 
excess of 175 deg F, and additional steam passes cannot 
be used, it is customary to use separate headers. Although 
this arrangement reduces thermal stresses and eliminates 
tube seat leakage, wide gas lanes are formed at the junc- 
tion of the headers. Therefore, the tubes bordering the 
lanes will have higher metal temperatures than the aver- 
age tubes because of the greater gas flow past the lane 
tubes. 

c. Tu be temperatu res, materials, and attac h merits to 
headers. The tube metal temperatures depend upon the 
adjacent gas and steam temperatures; the size, thickness, 
and material of the tubes; the thermal conductivity of the 
metal; the steam film heat-transfer rate; and the overall 
heat input. As the resistance to heat flow through the 
metal is usually much less than that across the steam 
film, elevated tube metal temperatures are due primarily 
to the high temperature drop across the steam film. An 
increase in the steam mass flow, obtained at the expense 
of a higher pressure drop, will increase the steam film 
transfer rate and decrease both the temperature gradient 
across the steam film and the outside metal surface tem- 
perature. Therefore, good design practice dictates the use 
of the highest practicable steam pressure drop in order to 
minimize tube metal temperatures and the need for high- 
grade alloy materials. 

Allowance must be made for the possible maldistribu- 
tion of both the steam and gas flows in calculating tube 
metal temperatures. Unless there are exceptional condi- 
tions, it is customary to consider a total maldistribution 
of 20% on the gas side. On the steam side, a calculated 
unbalance, which is dependent upon the tube and header 
arrangement, is used. The highest tube metal tempera- 
ture is usually encountered in a tube having the minimum 


percentage of the steam flow and which receives about 
110% of the average gas flow. 

From the viewpoint of heat transfer, it is desirable to 
use a counterflow of the steam and the products of com- 
bustion in order to increase the temperature differential 
between the steam and the gas and thus reduce the re- 
quired amount of heat absorbing surface. However, with 
high steam temperatures this may result in excessive tube 
metal temperatures since the greatest amount of heat 
will be transferred to those tubes carrying the highest- 
temperature steam. Therefore, parallel flow is often used 
in the last steam pass. A small amount of additional heat- 
ing surface will be required to compensate for the use of 
a parallel flow; however, a lower-grade alloy tube can be 
used. 

Generally, tubes are attached to the headers by rolling 
when steam temperatures are below 850 F, and are welded 
above this temperature. If, because of the temperature or 
the service intended, it is necessary to weld the tubes to 
the headers, special consideration must be given to the 
materials and the methods of welding. Similar materials 
present few problems; however, dissimilar materials are 
used in the tubes and headers. The difficulties encoun- 
tered in welding tubes to headers are minimized by mak- 
ing the tubes “safe-ended.” A safe-end is a short section 
of tubing of a material compatible with that of the header, 
which facilitates field welding. The more difficult dissimi- 
lar weld between the tube and the safe-end is made under 
controlled conditions in the shop. 

d, Supports. Most superheaters have water-cooled 
supports consisting of tubes fitted with a number of alloy 
brackets. Often, the tip temperatures of these alloy brack- 
ets are in excess of 1700 F and the alloys used must be 
capable of withstanding considerably higher tempera- 
tures in order to provide an operating margin against 
maldistribution of gas flow and temperature. 

e. Location of headers. In boilers with horizontal 
superheaters, the headers are generally located at the 
rear, and tube renewal is provided at the front of the 
boiler. Where vertical superheaters are used, the screen 
tubes may be arranged to permit the superheater tubes 
to be renewed through the furnace at the front or the rear 
of the boiler. In other arrangements, superheater tubes 
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Fjg j 25 Effect of gas temperature, metal temperature, and vanadium in oil 
on corrosion 


may be renewed through the superheater cavity. Use of 
the firing aisle for superheater tube renewal reduces the 
space required for the boiler installation. 

f. Slagging and high-temperature corrosion. Slag- 
ging and high-temperature corrosion of the tubes and 
supports vary appreciably with the type of fuel oil used 
and the amount of fuel-oil contamination. High ash con- 
tents and contamination, particularly by sodium chloride 
and vanadium salts, usually result in heavy slagging and 
corrosion. 

Laboratory investigations have shown that for a given 
tube material the rate of corrosion increases with an in- 
crease in gas temperature or metal temperature. Further, 
the rate of corrosion increases greatly with an increase 
of vanadium in the fuel oil as shown by Fig, 25. 

In oil-fired units, the boiler and superheater tubes are 
usually pitched on the minimum practical centers to re- 
duce boiler size and weight. Consequently, as firing and 
evaporative ratings increase and the quality of fuel oil 
deteriorates, slag accumulations in superheaters become 
a major design and maintenance problem. To overcome 
this, superheater designs have been developed with an 
“in-line” instead of a “staggered” tube arrangement, in- 
creased tube pitch, and with the superheater located in 
the lowest practical gas temperature zone so as to provide 
the most favorable gas-metal temperature relationship. 
For the usual materials employed, mean metal tempera- 
tures are limited to 1050 F. The cavity or “walk-in” type 
superheater (Figs, 4 and 5) incorporates these features 
and greatly improves the accessibility for cleaning. A fur- 
ther improvement for cleaning and maintenance is the 
provision of a walk-in cavity between the superheater and 


the boiler bank. This cavity facilitates removal of corro- 
sive slag and soot deposits which accumulate on top of 
the water drum. Although these features result in larger 
and heavier boilers, the units are more economical to oper- 
ate since maintenance and outages are reduced. 

Experience has shown that the diligent use of soot- 
blowing equipment (particularly mass-action retractable 
units) usually can keep superheater surfaces satisfacto- 
rily clean for a year, or more, of operation and that manual 
cleaning and washing of the external heat absorbing sur- 
faces are required only during scheduled overhauls, 

g. Reheaters. The design of reheaters involves the 
same procedures and considerations that are pertinent to 
superheater design. However, the steam distribution and 
tube metal temperature problems are more critical since 
reheatens must be designed for exceptionally low steam 
pressure losses if a high cycle efficiency is to be obtained. 

Steani or combustion gas can be used as the heating 
medium in reheaters. When steam heating is used, the 
temperature of the reheated steam usually is limited to 
550 to 600 F, since it is customary to use condensing 
rather than superheated steam as the heating medium 
because of the much higher rate of heat transfer. 

The use of gas reheaters is necessary if high reheat 
steam temperatures and cycle efficiencies are required. 
Such reheaters may be fired separately or installed in the 
boiler proper. Separately fired reheaters are not common 
because they require an individual firing aisle and renewal 
clearances, as well as additional piping, controls, 
breechings, firing equipment, fans, etc, 

3,6 Air Heaters and Economizers. Air heaters or econ- 
omizers or both are necessary to obtain high boiler effi- 
ciencies. 

The temperature of saturated steam at a pressure of 
850 psig is 528 F and the temperature of the products of 
combustion leaving the boiler tube bank would be, for a 
conservative boiler design, approximately 150 deg F 
above this value, or about 675 F. When firing oil, and 
operating with 14.0 percent C0 2 in the products of com- 
bustion (approximately 15 percent excess air), this uptake 
gas temperature would result in an operating efficiency 
of only about SO percent as can be seen from Fig, 16, 

If the uptake gas could be cooled to a temperature equal 
to the steam's saturation temperature by the use of an 
infinite amount of heat absorbing surface, the improved 
efficiency would only be 83,75%. Therefore, air heaters or 
economizers must be installed to increase full-load effi- 
ciencies to the 88-90% range usually desired. Further, 
the use of high evaporative ratings at any given steam 
pressure increases the need for additional heat-reclaiming 
equipment. 

When air heaters or economizers are installed, the pro- 
portions of the boiler, air heater, and economizer surfaces 
must be balanced. Usually, the temperature differential 
between the products of combustion and the heat-ab- 
sorbing fluids in the economizer and air heater is greater 
than that in the last section of the boiler tube bank. This 
is advantageous in reducing the heat-absorbing surface 
required for a given heat recovery. In air heaters, part of 
the advantage resulting from the improved temperature 
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difference is offset by the high resistance to heat flow 
across the air film [19]. Therefore, the proportions of com- 
ponent surfaces must be studied carefully to obtain the 
most economical overall arrangement. 

The minimum temperature of the feedwater to most 
merchant marine economizers varies between 270 and 280 
F, The standard feedwater temperature for most naval 
installations is 246 F. This lower temperature is satisfac- 
tory because a premium fuel with a low sulfur content is 
used. 

Since the gas temperature leaving the economizer can- 
not be less than the inlet water temperature, it follows 
that high feedwater temperatures limit the obtainable ef- 
ficiency. Consequently, with high feedwater tempera- 
tures, economizers are not often used unless they are 
installed in conjunction with air heaters. 

In an air heater, the minimum uptake gas temperature 
is dependent on the entering air temperature. Therefore, 
the attractiveness of air heater installations is due to the 
possibility of operating with a high boiler efficiency when 
using feedwater temperatures in the range of 300 to 450 
F. 

When steam turbines are bled for regenerative feed 
heating, the plant efficiency is increased about 1% for 
each 100 deg F rise in feed temperature due to the reduced 
heat loss in the condensers. Whether this improvement in 
efficiency warrants the expenditure required for addi- 
tional feed heating and other equipment should be care- 
fully weighed for each application. 

The use of an air heater necessitates an increased air 
pressure to the boiler unit because of the additional resist- 
ance to air flow through the air heater. Air pressures also 
must be increased when using economizers because of 
the relatively high resistance to the gas flow across the 
economizer, but, for boilers of the same size operating 
at comparable firing rates, an air heater installation will 
usually require a higher total air pressure than will a unit 
fitted with an economizer. 

Air heaters are not pressure vessels, so the tubes can 
be fabricated from mechanical tubing (less expensive than 
pressure tubing) that is lightly expanded into the tube 
sheets. However, economizers are part of the pressure 
system and must be designed to withstand the main feed 
pump discharge pressure, to operate without leakage, and 
to withstand thermal shock. 

a. Air heaters. Preheated air can improve combus- 
tion, reduce boiler sooting, and reduce the possibility of 
ignition loss particularly at the extreme low end of the 
firing range. 

Practically all of the older marine air heaters were of 
the tubular type; however, the rotary regenerative air 
preheater has found wide application. A typical example 
of a regenerative air heater is shown in Fig, 14, Its gas- 
tight casing forms part of the boiler forced-draft air and 
uptake gas ducts. The heater is separately mounted above 
the boiler and suitable expansion joints are used in the 
duets joining the two [9]. 

The essential component of the heater is the rotor in 
which the heat-transfer plate elements are packed. The 
air for combustion is passed axially through one side of 


the rotor while the flue gas is passed through the other 
side in the opposite direction. As the rotor turns, heat 
is continuously transferred from the gas to the heating 
surface; heat is also continuously given up to the air as 
the heated plates traverse the air side. Counterflow of the 
gas and air insures efficient heat transfer. 

The heat-transfer elements are made of corrugated and 
flat sheets, which are alternately packed in the main sec- 
tion of the heater and in the cold-end baskets. The cold-end 
basket is designed to be readily removable for cleaning or 
replacement when conditions warrant. For daily cleaning, 
a cleaning device consisting of a mass-action soot blower 
is installed. Air and gas bypass dampers are an integral 
part of the preheater and are useful in maintaining the 
heat-transfer metal surface temperature above the gas 
dew point. This minimizes corrosion at low rates of opera- 
tion and also helps minimize soot buildup. Operation of 
these dampers can be made fully automatic. 

Most tubular air heaters are of the horizontal type (Fig, 
13), The vertical type is not often used since it is necessary 
to install considerably more surface for a required heat 
absorption than would be needed for the horizontal type. 
In the horizontal type, it is customary to pass the air 
through the tubes and the gas across the tubes. In the 
vertical type the gas usually passes through the tubes 
and the air crosses the tubes. 

Horizontal tubular air heaters generally utilize in-line 
tube arrangements. These facilitate cleaning of the exter- 
nal heating surfaces, a feature considered far more advan- 
tageous than the slightly higher heat transfer obtained 
with staggered-tube arrangements. 

Air heater tubes range in size from D£-in, to 2^-in. 
outside diameter, with most installations using 1^-in, 
tubes. If the resistance to internal flow must be reduced, 
large tubes are preferable since, for a given gas mass 
flow, the resistance varies inversely as the inside diame- 
ter, However, compactness is a prime requisite of marine 
boilers and, therefore, the use of small tubes may be 
preferable to permit the installation of maximum surface 
in the space available. Further, the heat-transfer coeffi- 
cients of the gas and air flowing across and through the 
tubes, respectively, vary inversely as about the 0.34 and 
0,22 powers of the tube diameter and, thus, the heat trans- 
fer at any mass flow rate increases with a reduction in 
tube diameter [2,19]. 

In preliminary air heater designs, both the tube size 
and tube pitch are assumed. It is satisfactory, in most 
cases, to consider lY z -m. to 2-m. tubes with ^-in. tube 
ligaments. An estimate is then made of the length of the 
tubes, the number of tubes per row, the number of tube 
rows, and the number of gas and air passes. This facili- 
tates determination of the heat-transfer rates and the 
heating surface. The preliminary assumptions are then 
adjusted, if necessary, so that the surface arrangement 
and heat transfer provide the required heat absorption. 

Gas and air flow patterns also must be analyzed since 
maldistribution could reduce heat absorption, increase fan 
power, reduce or elevate tube metal temperatures, or re- 
strict the capacity of the boiler unit 
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Air heater designs are usually predicated upon inlet air 
temperatures of 100 F, and exit air temperatures ranging 
from 300 to 450 F at the normal full-load operating rate. 
Design exit gas temperatures of 290 to 320 F are common 
for tubular air heaters and result in boiler efficiencies of 
88.5 to 88%, Regenerative air heaters can be designed 
for lower uptake gas temperatures for a given risk of 
corrosion since for the same air and gas temperatures the 
heating surface metal temperature is somewhat higher 
than that of the tubular heater* Gas temperatures from 
240 to 260 F are common for regenerative air heaters with 
boiler efficiencies of 90 to 89. 5%, respectively. 

Both the weight of the gas produced and the specific 
heat of the flue gas are greater than that of combustio 
air* Therefore, when firing oil with about 15% excess air, 
the reduction in the temperature of the products of com- 
bustion passing through the air heater is about 13% less 
than the rise in air temperature* 

In air heaters the heat-transfer coefficients across the 
gas and air films are of about the same magnitude, and 
high resistance to heat flow is encountered in the gas film 
on both sides of the tube* 

b. Economizers* Marine economizers can be 
grouped into two general classifications, the “bare-tube* 
and the “extended-surface” types. They are generally 
nonsteaming and are usually arranged for counterflow of 
the water and the products of combustion. This results in 
larger temperature differentials, and greater heat absorp- 
tion can be obtained. The counterflow arrangement per- 
mits a higher boiler efficiency because the exit gas tem- 
perature can approach that of the inlet water. 

Economizers use tubes ranging in size from \V 2 to 2 
in* that are arranged in the form of either hairpins or 
continuous loops. The hairpin type consists of U-bend 
tubes that are welded, or expanded, into headers. Single 
or multiple rows of loops can he used as well as two 
or more headers. In the continuous-loop type, each tube 
element consists of a length of tubing bent back and forth 
to form the desired number of rows; the ends of the tube 
are attached to the inlet and outlet headers, usually by 
welding* Since only two headers are required, the number 
of tube joints is greatly reduced as may be noted from 
Fig. 26. 

There are many types of extended-surface economizers. 
The most prominent are those having steel studs or heli- 
cally wound spiral steel fins welded to the tubes (see Fig. 
12}. Features common to all extended-surface economiz- 
ers include the concentration of heating surface, the min- 
imizing of tube joints, and the use of only two main 
headers. 

Most marine economizers use counterflow arrange- 
ments with up-flow gas and down-flow water* The water 
pressure drop at about 25% of the norma! full-load op- 
erating rate should be equal to, or greater than, the static 
water head in order to prevent recirculation. This mini- 
mum pressure drop requirement is not necessary if paral- 
lel-flow, up-flow gas and water, nonsteaming economizers 
are used, since the water pressure in the outlet header 
always will be less than that in the inlet header. 



stud-tube economizer 


Multiple water passes are often used in hairpin-type 
economizers to obtain satisfactory water velocities and 
pressure drops. These arrangements have both counter- 
and parallel-flow relations between the water and the 
products of combustion, and the calculated heat transfer 
should be based on the average of the flow arrangements. 
Most continuous-loop and extended-surface type econo- 
mizers have a single water pass arranged for flow counter 
to that of the gas* 

Although economizers operate with feedwater tempera- 
tures as low as 180 F, it is customary to restrict the feed 
temperature to a minimum of 220 F. This temperature 
allows deaeration and, therefore, is sufficiently high to 
prevent, or minimize, internal oxygen corrosion. However, 
with residual fuel oils it is necessary to use feedwater 
temperatures in the range of 270 to 280 F to maintain 
the tube metal temperatures above the dew point of the 
gaseous products of combustion. With this range of feed- 
water temperature, economical counterflow economizers 
can be designed to reduce the exit gas temperature to 
approximately 320 F (which corresponds to a boiler effi- 
ciency of about 88%) at the full-load rating. 

When both economizers and air heaters are installed, 
feedwater temperatures of 350 to 400 F generally are 
used to take advantage of regenerative feed heating* 

In counterflow economizers (down-flow water, up-flow 
gas) a differential temperature of at least 50 deg F should 
be maintained between the exit water and the saturated 
steam temperatures to prevent steaming, water hammer, 
and thermal shock, particularly during overloads and 
rapid maneuvers. If it is necessary for the exit water 
temperature to approach closely the saturated steam tem- 
perature, parallel- flow {up-flow water and gas) or a combi- 
nation of counter- and parallel-flow economizers must be 
used. 

When firing oil, the rise in economizer water tempera- 
ture is about one third the gas temperature drop across 
the economizer. Since economizers are generally designed 
to effect gas temperature reductions ranging between 
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200 and 300 deg F, the water temperature rise varies 
between 70 to 100 F. Thus, with an inlet water tempera- 
ture of about 280 F, the exit water temperature is approxi- 
mately 350 F* This is more than 100 F below the saturated 
steam temperatures corresponding to pressures of 600 
pstg and above. 

In bare-tube economizers the temperature drop across 
the tube wall is small and, for all practical purposes, the 
tube metal temperature can be considered the same as 
that of the water it carries. Tube metal temperatures of 
extended-surface elements also are about the same as 
the adjacent water, although the tip temperatures of the 
extended surface are considerably higher. 

A bypass line around the economizer will allow opera- 
tion of the boiler with an economizer outage. However, 
few economizers are fitted with bypass lines because of 
their cost and the piping complications involved. 

If the economiser is bypassed, resulting in a loss of 
efficiency, approximately 5 to 7% additional fuel must he 
fired to maintain the required evaporative rating and the 
fans must supply proportionally more air against an in- 
creased static pressure. The temperature of the gas enter- 
ing the economizer is usually less than 950 F and, there- 
fore, tube metal oxidation should not be experienced 
during bypass operations. 

Of paramount importance, when operating with the 
economizer bypassed, is the increase in the superheater 
outlet temperature. This results from the greater gas flow 
which, in turn, causes an increase in the ratio of the gas 
to the steam weight and, thus, the transfer of more heat 
to the steam. 

While maneuvering, economizers may be subjected to 
thermal shock as a result of rapid fluctuations in the water 
temperature. For example, with a momentary stoppage 
of the water flow, the economizer may start to steam; 
then, as the load increases, the sudden introduction of 
feedwater into the economizer may cause water hammer 
and high thermal stresses. Because of such possibilities, 
means must be provided to prevent joint and fitting leak- 
age; therefore the tubes are welded to the headers, and 
soft sheet gaskets generally are used in all fittings, or 
weldable fittings may be employed. 

If the feedwater to the economizer contains oxygen, the 
oxygen is released when heat is applied and may result in 
tube and header corrosion. Therefore, when economizers 
are used, it is always necessary to make provisions for 
deaerating the feedwater* 

3.7 Desuperheaters and Attemperators. Desuper- 
heaters and attemperators are heat exchangers which re- 
duce and control the temperature of superheated steam. 
Two major types are employed: the drum {or internal) 
type, which is installed in either the steam or water drum; 
and the external type, which is located in the piping sys- 
tem external to the boiler. 

Internal desuperheaters may consist of a single pipe or 
may comprise a number of small-diameter tubes rolled or 
welded to manifolds and installed below the water level 
in the steam drum or water drum as in Fig. 27. They may 
be arranged with bends to provide the required heating 
surface within the available straight length of the drum. 



Fig. 27 Drum-type desuperheater 


The auxiliary Desuperheater's function is to reduce the 
temperature of a portion of the superheated steam output 
of the boiler for use in auxiliary machinery, general heat- 
ing, etc. It is usually designed to provide no more than 50 
to 75 F residua] superheat at its designed maximum flow 
with a pressure drop of 75 to 100 psi below the super- 
heater outlet steam pressure. 

Pipe-type desuperheaters are satisfactory for relatively 
low flows of 5000 to 20,000 lb/ hr. For greater flows and 
to limit the pressure drop to reasonable values, the multi- 
tube bundle- type desuperheater is used. Maximum flows 
in this type may reach 150,000 Ib/hr in large tankers 
where cargo heating and auxiliary pumping loads may 
be very high. No controls are required as an auxiliary 
desuperheater cannot cool the steam below the drum satu- 
ration temperature. Owing to the pressure drop through 
the superheater, connecting piping, and desuperheater, 
the desuperheated steam is slightly superheated at all 
times. This helps insure dry steam at the auxiliaries. 

External desuperheaters are normally of the spray type 
and are used to proride large quantities of desuperheated 
steam where the steam quality is relatively unimportant* 
An external desuperheater is shown in Fig. 28. 

An attemperator (control desuperheater) is a desuper- 
heater used for close control of the final steam tempera- 
ture to the design value. The temperature of superheated 
steam is a function of rating and for the usual marine 
boiler rises as shown by the “uncontrolled curve” in Fig. 
29. To make the most effective use of the materials in 
the superheater and main steam piping, the final steam 
temperature can be controlled so as not to exceed the 
design value. This can be accomplished by passing a por- 
tion of the superheated steam through a desuperheater 
in the drum. The location of the outlet and inlet connec- 
tions is usually “interpass”: a typical arrangement is illus- 
trated in Fig. 30, The desuperheated steam is returned to 
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the last passes of the superheater where it mixes with the 
main flow to deliver the design temperature [2,3,8]. 

A manually operated valve or an automatically" com 
trolled valve is used to regulate the temperature at all 
rates above the “control point” (that point on the uncon- 
trolled steam temperature characteristic curve which 
crosses the desired controlled temperature line), 

3,8 Circulation and Steam Buff lot. The natural circu- 
lation characteristics of the boiler and the type of steam 
drum baffling are determined after the arrangement of 
the heat-absorbing surfaces has been established. Gener* 
ally, because of the effect of the steam drum baffles upon 




(o} Inter po« p across (b) External bypaji, 

restricted pas* three-way valve system 

Fig. 30 Interpass control desuperheater arrangements 
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the circulatory system, simultaneous analyses are made. 
Circulation calculation procedures are in part empirical 
and in part theoretical. The purpose of the analysis is to 
establish a system of downcomers, risers, and generating 
tubes, which will insure that each tube receives an ade- 
quate supply of water in relation to the maximum heat 
absorbed. 

a. Circulation: boiler tube banks and furnace water- 
walls, The circulation characteristics of furnace wa- 
terwalls and boiler tube banks are determined by the same 
procedure and, since the water-steam ratio decreases with 
increased rating, the characteristics must be established 
for the maximum contemplated rating. 

In analyzing boiler circulation, it can be assumed that 
each circulating system is, in effect, a U-tube [8,20], The 
riser section of the U-tube is that portion of the tube bank 
in which the flow of steam and water is upward as heat 
is applied. The downcomer section consists of unheated 
tubes or those portions of the tube banks in which the 
heat absorption is considerably lower than in the riser 
section. Because of the difference in fluid densities, 
heated tubes can act as downcomers for the riser sections 
and there is a definite transition zone between the heated 
downcomers and the riser tubes, the location of which 
varies considerably with changes in the boiler firing rate. 
In the U-tube analogy, there is initially a vertical pres- 
sure plane at the bottom on which the pressures exerted 
by the hot and cold water legs are equal As heat is applied 
and the water begins to circulate, resistance to flow is 
encountered. Thus, at the hypothetical equal pressure 
plane in the lower water drums, or headers, the pressure 
corresponding to the flow of water through the downcom- 
ers is equal to the product of the head of water and its 
density minus the resistance to flow. This pressure must 
balance the product of the head of water in the risers and 
its density plus the resistance to flow. By equating these 
two quantities and solving for the friction loss in the down- 
comers, it is evident that the downcomer friction loss is 
equal to the product of the water head and the difference 
in the downcomer and riser densities, minus the riser fric- 
tion loss — a quantity known as the net available circula- 
tion head [3], 

In most circulation analyses the steam generated in the 
riser tubes is calculated and the water-steam flow, as well 
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NOTE 

tn ATYPICAL BOILER (SEE FIG THE SIDEWALL AND ROOF CIRCUIT A, AND 
THE SCREEN AND FLOOR CIRCUIT B ARE SUPPLIED BY TWO 
DOWNCOMERS c. furnace front and rear walls d and generating 

SANK E ARE SUPPLIED BY HEATED BANK DOWNCOMERS F. A HEAD TO 
WATER- STEAM MIXTURE FLOW CURVE IS REQUIRED FOR EACH 
INDEPENDENT CIRCULATING SYSTEM, AND WOULD BE SIMILAR TO 
THAT BELOW, 



WATER -STEAM MIXTURE FLOW, 1,000,000 POUNDS PER HOUR 

Fig, 31 Characteristic head versus water-steam mixture flow far circulation 
calculations 


as the net available head, is then determined for various 
water-steam ratios. In analyzing circulatory characteris- 
tics, it is customary to graphically plot both the down- 
comer friction losses and the net available circulation 
heads for the assumed water-steam mixture flows. As 
shown by Fig. 31, the flow at which the available head 
minus the resistance to flow through the steam baffles 
equals the resistance to downcomer flow is that required 
to balance the circulatory" system. From the flows at the 
balance point the percentages of steam by volume at the 
top of the riser tubes can be calculated. 

The percentage of steam by volume at the top of the 
riser tubes must be such as to preclude overheating of 
the tubes. If the quantity is excessive, the circulatory 
system must be redesigned to provide additional down- 
comers, or the size and contour of the downcomers must 
be changed to reduce the resistance to flow. It also may 
be necessary to change the location, size, and contour of 
the boiler tubes to redistribute the heat absorption and 
reduce flow resistance. 

In a satisfactory circulatory system, an adequate 
amount of water must be supplied for each pound of steam 
generated. Therefore, if the percentage of steam by vol- 
ume at the exit of the riser tubes is used as a design 
criterion, it is necessary to vary the allowable percentage 
as the pressure changes since the percentage of steam by 
volume will increase as the pressure is reduced because 
of the increased specific volume of the steam. Naval boil- 
ers are usually designed for water-steam ratios (i.e. T 
weight of water/ weight of steam passing through the 


generating tubes) ranging between 5.0 and 10.0, and mer- 
chant units usually fall in the range of 15.0 to 20.0 at the 
overload rates of operation. Lower water-steam ratios are 
used on naval boilers in order to reduce the boiler size and 
weight by minimizing downcomer requirements. 

b. Heated downcomers* If evaporative ratings are 
conservative and the gas temperatures leaving the boiler 
do not exceed about 750 F, the first several rows of tubes 
will function as risers with the remainder serving as 
heated downcomers. As the firing rate increases, the high- 
temperature gas zone moves farther back into the tube 
bank and additional tubes become risers while a corres- 
ponding lesser number act as downcomers. If the firing 
rate is further increased, the number of downcomers be- 
comes inadequate, circulation is impeded, and tube casual 
ties may occur; when design analyses indicate such cir- 
cumstances, external or unheated internal downcomers 
must be installed. 

c. External and unheated internal downcomers. 

With conservative evaporative ratings, external down- 
comers are required for only those portions of the boiler 
in which the tubes cannot act as downcomers (i.e,, a single 
tube row forming a furnace boundary, a shallow tube 
bank installed between two furnaces, or tube banks 
shielding a superheater from two furnaces). 

If downcomers are required for the main tube bank, 
they usually are located external to the tube bank even 
though the arrangement requires longer boiler drums. 
The use of unheated internal downcomers minimizes the 
drum length and eliminates tubes in the main boiler bank; 
however* unheated internal downcomers usually enter the 
steam drum at high water levels and they may lose water 
during heavy rolls or inadvertent reductions in water 
level. Further, the use of unheated internal downcomers 
complicates tube bank arrangements, increases resist- 
ance to gas flow, and reduces the boiler heat-absorbing 
surface. Heat transfer to internal downcomers can be 
minimized by using plate, stud-tube, or finned- tube protec- 
tion baffles. 

d. Steam drum baffles. The steam drum baffling 
used in most marine boilers is simple in construction and 
arrangement. A common type used in header-type boilers 
is the “vertical baffle/’ which is located between the dry 
pipe and the discharge of the circulator tubes. The only 
design check required when using a vertical baffle is the 
determination of steam velocities behind and around the 
ends of the baffle. These velocities, based on the maxi- 
mum steam output of the boiler, should be less than the 
critical velocity at which the steam picks up water; the 
steam velocity can be reduced by increasing the size of 
the steam drum or by sloping the baffle. 

Single and multiple perforated-plate baffles, as in Fig. 
32(a), are used in most drum-type boilers operating at 
conservative steam ratings; these baffles are dependent 
upon the natural separation of steam and water. For 
higher boiler ratings a positive means of steam separation 
is required and compartment-type baffles. Fig. 32(5), are 
frequently used. 

Centrifugal steam separators are used primarily in 
highly rated merchant and Navy drum-type boilers; they 
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are particularly desirable for boilers subjected to rapid 
maneuvering, fluctuating water levels, or high solids con- 
centrations in the boiler water. Centrifugal steam separa- 
tors may be arranged either horizontally or vertically in 
the steam drum as in Fig, 32(c), 

The resistance to flow through centrifugal separators 
is greater than that through plate- or compartment-type 
baffles. This would tend to increase downcomer require- 
ments, or impede circulation; but the bottom discharge 
from centrifugal separators is practically steam-free wa- 
ter, and thus the available head for circulation is increased 
because the density of the water supplied to the downcom- 
ers is greater than that of the “frothy” water-steam mix- 
ture discharged from perforated-plate and compartment- 
type baffles. 

The steam-water flow through the steam drum baffles 
is in series with all of the flow circuits in the circulatory 
system. Thus, if the flow through one of the circuits is 
increased, for example, by the installation of additional 
downcomers, the flow through the steam baffles also is 
increased. This imposes an additional resistance in the 
overall circulatory system with the result that the flow in 
downcomers will not increase in direct proportion to the 
additions made, 

3,9 Construction and Physical Requirements. The 

structural design of drums, headers and tubes must be in 


accordance with the rules of the regulatory bodies govern- 
ing the construction of the vessel (e.g, T USCG, ABS, U3N, 
Lloyd's, etc.) 

a. Drums, The construction of steam and water 
drums is basically similar. A drum is a cylinder with the 
ends closed by heads of either semi-elliptical or hemispher- 
ical form. The drum shell is usually made of plates called 
the wrapper and tube sheets. The tube sheet thickness is 
greater than the wrapper sheet to provide the requisite 
strength way of the tube holes. For the most part, 
drums are of welded construction although in the smaller 
sizes single-piece hollow forgings may be used. Drum 
heads are usually forged. 

For commercial work 70,000 tensile steel is used exten- 
sively in drum construction; for weight reduction, 80,000 
tensile steel is used. 

Steam 'drum diameters range from 36 to 72 in. with 
most merchant units having 48-in. to 54-in. drums and 
most naval boilers using 46-in to 60-in. drums. As power 
levels increase, drums of 60 to 72 in. dia are used more 
frequently to provide the necessary room for steam baf- 
fles and to provide the capability of accommodating the 
shrink and swell that occurs when maneuvering. 

b. Headers and tubes. Headers for waterwalls or 
economizers are usually fabricated from pipe stock. Hol- 
low forgings may also be used especially for superheat- 
ers, They may be round or forged to a rectangular or 
other cross section to facilitate tube installation. Tubes 
are installed by expanding or by welding. 

Standard boiler and economizer tubes are fabricated 
from either electric resistance welded or seamless stock. 
Electric resistance welded tubes are less expensive and 
have been proven to be as dependable as seamless tubes 
in boilers and economizers. Superheater tubes are made 
from seamless steel or alloy tube stock, as required by 
the metal temperatures involved. 

Gas air heater tubes are normally made from welded 
mechanical tubing since the differential pressures be- 
tween the air and gas are slight, and do not warrant the 
expense of pressure tubing. 

c* Casing design. The envelope that contains the 
combustion air and flue gases is known as the casing. Its 
chief function is to contain and channel the combustion air 
and flue gases through the pressure parts. An important 
secondary function is to reduce heat losses to the machin- 
ery space, thereby improving both the boiler efficiency 
and the habitability of the engine room. Good design prac- 
tice limits the average casing outer surface temperature 
to 130 F or less. Local areas, for instance where super- 
heater inlet or outlet nozzles penetrate the casing, may 
be hotter due to “through steel” which does not permit 
insulation to be effectively applied. 

Most boilers are of double-casing construction. An inner 
and outer casing is used to form an air space surrounding 
the boiler. This space is pressurized with combustion air, 
which is at a higher pressure than the flue gases {by no 
less than the oil burner draft loss). Any tendency for 
leakage at seals, access doors, etc, will entail the leakage 
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of combustion air into the machinery space or to the fire- 
sides, On the other hand, with single-cased boilers, com- 
bustion gases are discharged into the machinery space in 
the event of a leak. 

Figure 33 shows sections of a typical double-cased 
boiler construction. The thicknesses of insulation and re- 
fractory materials vary to suit the application; those nec- 
essary for a particular unit can be readily determined. 

Structural or strength members of the casing are used 
to support some of the loads of the pressure parts. The 



Fig. 34 Membrane weeded- wall construction showing insulation and metal 

lagging 


generating bank and screen and furnace walls are mainly 
self-supporting; however, the casing may lend support 
to these parts during rolling and pitching of the ship or 
whenever it is not on an even keel. It is usual practice 
to support the superheater headers and the superheater 
tubes (wholly or in part), as well as the economizer or air 
heater {steam or tubular), on the casing structure. 

Suitable access and inspection doors are required and 
their location is an important practical aspect of casing 
design. Provisions must also be made for differential 
expansion between the pressure parts and the casing and 
between the casing and the boiler foundation and sur- 
rounding decks, platforms, piping, etc. 

In large boilers where welded walls are used, another 
type of casing construction can be employed; Fig. 34 indi- 
cates this construction. Insulation is used outside the 
welded tubes, which form the gaslight envelope. Struc- 
tural members called “buckstays” give the necessary ri- 
gidity to the wail panels to overcome the pressure of the 
combustion gases. It is necessary to provide air seals at 
all junctures where leakage is possible or to provide an 
outer air casing supported by the buekstays. 

Normally, mild steel plate is used in casing construc- 
tion. Thicknesses may vary from one design to another 
since structural strength requirements may vary. How- 
ever, all casings should be designed to withstand the shut- 
off head of the forced-draft blower, 

3 JO Oil Burners. Oil burners consist of two principal 
parts, the atomizer and the air register assembly. The 
atomizer serves to break up the fuel into fine particles 
and inject them into the furnace. The air register is an 
assembly of the throat, air doors, vanes, impeller or air 
diffusers, and cover plate which directs the air stream to 
facilitate intimate mixing with the atomized fuel droplets. 

In addition to the atomizer and air register, various 
valves, fittings, and safety couplings are necessary. The 
safety coupling is a device designed to prevent leakage of 
steam or oil if the atomizer is removed for cleaning with 
the supply valves accidentally left open. Such leakage 
would be a serious fire threat and a hazard to personnel. 
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Several types of fuel atomizers are used in marine boil- 
ers. Most common in older boilers is the mechanical type, 
which operates over a range of oil pressure from 100 to 
300 psi in merchant vessels and up to 600 psi in naval ships. 
The oil is atomized in the sprayer plate by channeling it 
through tangential slots into a central whirl chamber and 
discharging it through a suitable orifice. Capacity is a 
function of the orifice diameter and the number of slots 
used (usually four or six). The pressure range provides 
only limited changes in the flow rate (usually less than 
2 : 1); therefore, the boiler firing rate is controlled by 
changing the number of burners and the size of the burner 
sprayer plates in use. 

A wide-range mechanical atomizer is used on some U.S. 
Navy vessels; it provides a turndown ratio of 12:1. In 
this atomizer the oil supply pressure varies from 100 to 
400 psi in response to steam demand and acts to position a 
spring-loaded plunger. As the plunger moves in the whirl 
chamber, it covers and uncovers tangentially drilled whirl 
holes and varies the slot area of the atomizer. The turn- 
down range obtainable is sufficient to satisfy all under- 
way steaming conditions without cutting burners in or 
out or changing sprayer-plate sizes. 

Steam-assist or steam-mechanical atomizers are basi- 
cally straight mechanical atomizers to which steam jets 
have been added. The oil and steam mix externally where 
the steam increases the turbulence of the air-oil mixture. 
The range is somewhat greater than that of the mechani- 
cal atomizer but not as great as that of the internal mixing 
steam atomizer. 

In a typical internal-mixing steam-atomising burner, 
the steam entrains the oil and the mixture expands 
through the outlet nozzles at a high velocity such that the 
oil spray is finely divided. Oil can be supplied at up to 
300 psi and the steam pressure required is normally kept 
constant at 125 psi. 

The rotary-cup type of atomizer is another form of me- 
chanical atomizer. The oil is atomized by slinging it off 
the edge of a rapidly rotating cup. Sometimes jets of high- 
pressure air are used to increase the effectiveness of the 
rotary cup. This type of atomizer finds its greatest appli- 
cation in small auxiliary boilers and is not an important 
type for main propulsion boilers. 

The two basic types of air register assemblies are 
shown in Fig. 35. One uses radial air doors and the other 
uses cylindrical air doors. In normal operation the air 
doors are kept in the wide-open position. Their principal 
purpose is to shut off the air supply when a burner is out 
of service. In automated boilers, air cylinder actuators are 
applied to the doors and the doors are remotely controlled 
by the burner sequencing controls. In other installations 
the doors are manually operated, 

3.11 Boiler Mounting*. Boiler mountings are the 
valves, fittings, and trim items which are mounted on 
the pressure parts or dose to the pressure parts. Boiler 
mountings include: 

• stop valves 

• feed check valves 

• feedwater regulator 


* safety valves 

* sentinel valves 

« high- and low-water-level alarms 

* pressure gages 

* vent and drain valves 

* blowdown valves 

* water-level indicators 

« water-sampling connections 

* soot blowers 

* burner flame scanners and ignitors 

* instrumentation 

In general the boiler mountings are “accessories,” 
which are important to the control and operation of the 
boiler as well as to the safety of operation. The term 
“mounting" is synonymous with “fitting.” Reliable boiler 
operation can be obtained only if the mountings are se- 
lected with regard for their quality and functional suit- 
ability. * 

When installing mountings, consideration should be 
given to their function and location for ease of operation 
and maintenance, 

A discussion of some of the more important mountings 
is given in the following, 

a. Safety valves. Every boiler must be equipped with 
sufficient safety valves of a type and design capacity 
meeting the applicable codes and rules. The purpose of 
these valves is to prevent a rise in boiler pressure above 
specified safe limits. 

Normally, two drum-mounted safety valves and one 
superheater outlet valve are used. Where the relieving 
capacity required exceeds that provided by these valves, 
additional drum valves are installed. 

There are two basic types of safety valve systems. One, 
the oldest and the most common, utilizes spring-loaded 
valves designed to open or “pop” at a set pressure and to 
remain open until the desired pressure drop or “blow- 
down” has been reached. The lowest set valve is always 
the superheater safety valve, which is usually set to open 
at a pressure about 4% above the superheater design out- 
let pressure. The superheater valve should open before 
the drum valves to assure steam flow through the super- 
heater to prevent it from being overheated. 

The first valve on the steam drum is normally set at a 
pressure 2% above the sum of the superheater outlet valve 
setting plus the superheater pressure drop at maximum 
rate. If one or more drum valves are required to provide 
the relieving capacity, they are set at pressures 5 to 10 
psi apart to assure crisp operation on opening and closing. 

The spring- loaded superheater valve setting may be 
reached frequently in a rapidly maneuvering situation due 
to control (or operation) response time. Frequent opera- 
tion of the valves causes leakage and maintenance prob- 
lems as the valves are primarily “safety” valves and are 
not designed or built to be “pressure control” valves. 

To increase the spread between the superheater outlet 
pressure and the set pressure of the superheater safety 
valve (so as to provide more margin for transient pressure 
excursions), a pilot-operated safety valve system should 
be used. A pilot-operated valve consists of a small safety 
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(a) Radio! doof burner 





(b) Cylindrical doar burner 
Fig. 35 Radiol and cylindrical door burner* 


valve on the steam drum (called a drum pilot valve) and 
an unloading valve at the superheater outlet. The drum 
pilot is set at a pressure equal to the sum of the super- 
heater outlet steam pressure, the maximum superheater 
pressure drop at overload, and a 4 % to margin on the 
outlet steam pressure. 

In operation, the pilot pops when its set pressure is 
reached and almost instantly triggers the opening of the 
superheater unloading valve. If the pressure continues to 
rise, the drum safety valves pop in their set sequence. 

b. Water level indicators. It is essential that suffi- 
cient water be in the boiler at all times for safe operation. 
The normal working range is indicated visually by means 
of direct-reading gages mounted on the steam drum and 
by indirect remote indicators mounted for example at the 
main control console (or, in the case of bridge control of 


the main engine, on the bridge). Typical direct-reading and 
remote-reading gages are shown in Fig, 36. 

Too low a water level could result in loss of circulating 
head and tube failures if the downcomers are uncovered. 
Too high a level could cause carry-over with a subsequent 
thermal shock to the superheater or, if severe enough, to 
the main engine. Maintaining dose control of the water 
level is mandatory and the water level indicators must be 
kept dean and in good condition at all times. 

Every boiler must have at least two independent means 
of showing the water level. The usual practice is to use 
two separate direct-reading gage glasses and as many 
remote gages as the particular operating conditions 
warrant. 

c. Smoke indicators. The ability to view the stack 
gas discharge is a distinct aid to boiler operation. Sudden 
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(o) Indirect or remote reading gage ft) Direct reading gage 

Fig. 36 Direct and re mote- reading gages 

changes from clean to dark stack gases may evidence 
maloperations such as dirty oil burners or forced-draft or 
control difficulty. To permit viewing the stack without the 
necessity of leaving the operating station, smoke indica- 
tors are installed. The direct-reading indicator is basically 
a periscope arranged to give the operator a direct view of 
a light source which shines through the boiler uptake and 
the combustion gases. Another type employs a photoelec- 
tric cell and provides a readout on a meter scale calibrated 
in smoke density units; it may also be fitted to sound an 
alarm when a certain smoke density is reached. 

d. Instrumentation and controls* The need for op- 
erating instruments and manual or automatic controls 
varies with the size and type of equipment, the method of 
firing, the proficiency of the operating personnel, and the 
desired degree of automation. 

For safe operation and efficient performance, informa- 
tion is required relative to the water level in the boiler 
drum; burner performance; pressures of the steam and 
the feedwater; temperature of the superheated (and re- 
heated) steam; pressures of the gas and air entering and 
leaving the principal components; feedwater and boiler 
water chemical conditions and particle carry-over; opera- 
tion of feed pumps, fans, fuel burning, and fuel prepara- 
tion equipment; relationship of the actual combustion air 
passing through the furnace to that theoretically required 
for the fuel fired; temperatures of the water, gas, fuel, 
and air entering and leaving the principal component parts 
of the unit; and feedwater, steam, fuel, and air flows. 

For many years, marine boilers have been equipped 
with control equipment permitting steady operation at sea 
with little operator participation except while maneuver- 
ing. However, complete automation of the boilers may be 
desired so that, with the exception of starting up, they 
can be operated throughout the full range from standby 
to full load without manual adjustments. 

To attain fully automatic operation, adequate control 
components are essential. The operating characteristics 



of the principal and auxiliary Items of steam-generating 
equipment must be fully known since these characteris- 
tics affect the degree of controllability, the scope of the 
controls required, and the response obtained. As an exam- 
ple, where the burners have a range of operation or turn- 
down capability equal to or greater than that required by 
the boiler, the necessity to sequence burners (or take them 
out of service) is eliminated. This, in turn, eliminates many 
decisions and functions that would otherwise be required 
of an automatic burner management system, and a sim- 
pler system may be selected. 

The degrees of control which can be achieved, in as- 
cending order of sophistication, are manual, local super- 
vised manual, remote supervised manual, automatic (non- 
recycling), and automatic (recycling). These various types 
of control can best be delineated by relating their func- 
tions to burner operation. 

With the manual type of control, Fig. 37, a burner is 
manually purged and ignited. It may be automatically 
modulated but it is stopped manually. Although no opera- 
tor function is performed automatically, wide-range burn- 
ers can be used with automatic combustion controls to 
facilitate dock-to-dock operation without manual partici- 
pation. However, without boiler and burner monitoring 
devices, the operator must remain in close proximity to 
the boiler to provide the necessary surveillance. 

In the local supervised manual system, Fig. 38, a burner 
is purged and manually ignited, but certain procedures 
and conditions are supervised by safety interlocks. All 
manual functions are performed and checked by the oper- 
ator at the burner station during normal operation, and if 
the demand for steam is within the capability of the burn- 
ers, unattended boiler operation is attained. Monitoring 
and safety interlocks are provided to alter the operation 
if an unsafe condition develops, and to trip the burner or 
the boiler, if necessary. After a trip-out, the operator must 
take the necessary corrective action to clear the interlocks 
and recycle the burner or the boiler. 

The remote supervised manual system, Fig. 39, allows 
a burner to be purged and ignited by a pushbutton or 
selector switch, modulated automatically, and secured by 
a remote manually actuated pushbutton or selector 
switch. It also provides supervision of procedures by 
safety interlocks. The burner is mechanized and all op- 
erating functions are performed by mechanical devices 
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Fig. 38 Burner ope rati on -local supervised manual control 



Fig. 39 Burner operation-remote supervised manual control 


initiated from a remote control station, which indicates 
whether or not each function has been performed cor- 
rectly. This system of control does not relieve the operator 
of burner manipulation. He must devote his undivided 
attention to the step-by-step procedures for starting and 
securing burners, which is a time-consuming process. This 
control system can be justified only in installations where 
the turndown capabilities of the burners do not match 
the turndown requirements of the boiler and where the 
burners must be manipulated to cover the operating 
range. Its application will not meet the USCG require- 
ments for an automatic boiler. 

The automatic (nonrecycling) control system, Fig. 40, 
involves a burner which, when actuated manually by a 
pushbutton, is purged, ignited, and modulated automati- 
cally; and although secured either automatically or re- 
mo te-manually, the burner does not recycle automatically. 
When start and stop sequences are manually initiated 
from a remote control station, each function in the start- 
up and stop sequence is performed and checked automati- 
cally and all procedures and conditions are supervised by 
safety interlocks. Since the operator may be required to 
initiate the start-up and securing of a burner to meet 
load requirements, this control system does not meet the 
USCG definition of an automatic boiler. 


s. 



Fig, 40 Burner operation-automatic (nonrecycling) (recycling) 


With an automatic (recycling) type of control system, a 
burner is purged, ignited, modulated, and stopped auto- 
matically, and the burner recycles within a prescribed load 
range. 

3*12 Sample Design Problem* The steps followed in 
developing the heating surfaces of a steam generator de- 
signed to meet specified cycle performance requirements 
are best illustrated by an example. The basic performance 
requirements of a boiler are normally provided by the 
ship's specifications; however, as an example the require- 
ments of a 30,000 shp plant {see the heat balance example 
in Chapter 2) will be used. 

It is assumed that a single boiler is required to furnish 
the steam necessary for main propulsion and other ship's 
services. The unit is to be a two-drum integral-furnace 
boiler equipped with a steam air heater and an economizer. 
The furnace is to be completely water cooled and two 
wide-range burners are to be used. The superheater will 
be Installed vertically and one access cavity will be pro- 
vided. 

From the preliminary heat balance for an ABS rating 
of 30,000 shp, the following operating requirements are 
to be met: 


Steam pressure, drum, approx 960 psig 

Steam pressure, superheater outlet .... 875 psig 

Steam temperature, superheater outlet . 955 F 


Steam flows 

superheated 185,520 lb/hr 
desuperheated 16,870 lb/hr 
Total 202,390 Ib/hr 


Feedwater temperature , . * . . . 284 F 

Efficiency {based on IV 2 % radiation and 
unaccounted for losses and 15% excess 

air) * 88.5% 

Fuel total heating value (standard Bun- 
ker G + added heat in air) 19,264 Btu/lb 

Fuel required . 14,349 lb/hr 

Air temperature, leaving steam air 

heater 278 F 

Air flow (16.07 lb/lb oil at 15% excess air) 230,600 

Flue gas flow = 244,937, say. 245,000 Ib/hr 


For the example, only one rate of operation will be 
calculated although for an actual boiler design it is not 
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unusual to calculate three or more rates to establish char- 
acteristic curves of performance. Rated power will be cal- 
culated since this establishes the design meeting the speci- 
fied efficiency and steam temperature. The heat-transfer 
data are derived from the curves and procedures of Chap- 
ter 2, 

a. Boiler layout. Two oil burners will be used to sup- 
ply the total oil flow of 14,349 lb/ hr at rated power and 
about 8000 lb/hr each at overload- The necessary clear- 
ances for burners of this capacity are obtained from the 
selected burner manufacturer. Based on this information 
and experience, an approximate furnace and boiler layout 
is prepared (see Fig. 41) from which the furnace volume 
and heating surfaces can be estimated, 

b. Furnace calculations. The furnace volume, cold 
surface, and radiant heat absorbing surface (RHAS) are 
determined by the methods of Section 2 of Chapter 2 or 
T&R Bulletin 3-14 [12] to be: 


Furnace volume = 2655 ft 3 
Projected surface = 1200 ft 2 
RHAS - 1175 ft 2 


With a fuel higher rating value of 18,500 Btu/lb, the 
furnace ratings at rated power are: 


4 

Release rate — 


14,349 X 18,500 
2655 


= 99,985 Btu/ft 3 


14,349 

Oil rate/RHAS = — - = 12.2 lb/ft 2 


As theseare satisfactory, the furnace exit gas tempera- 
ture and heat absorption can be calculated {See Section 2 
of Chapter 2), based on the following furnace surface 
areas: 


Surface 

Effectiveness 

Factor 

Projected (see Fig. 8 of 


Rear waterwall 

Area 

190 

Chapter 2) 
1.00 

RHAS 

190 

Front waterwall 
(24n. tubes 
with 2 7 / s -in. 
avg. spacing) 

175 

0.856 

150 

Screen and floor 

435 

1.00 

435 

Side waterwall 
and roof 

400 

1.00 

400 


1200 ft 2 


1175 ft 2 


The adiabatic sensible heat in the combustion gases can 
be computed from equation (43) of Chapter 2. With a fuel 
lower heating value of 17,500 Btu/lb and a fuel sensible 
heat of 46 Btu/lb (100 deg F rise at 0.46 specific heat), for 
perfect combustion the sensible heat becomes 




LHY H- q F + (£ fl — tp)CpR 
R 4- 1 


17,500 + 46 + (278 - 80X0 ■ 2445 )( 13. 98) 
13.98 4- 1 


= 1216 Btu/lb 

From Fig, 2 of Chapter 2 the adiabatic flame temperature, 
T A i is found to be 3990 F or 4450 R. 

With 15% excess air 

17,500 + 46 + (278 - 80)(0.2445)(16.07) 

9t * ~ ' 16.07 + 1 


= 1073 Btu/lb 

To determine the shape emissivity factor, F E F Al the fol- 
lowing data are required: 

V F = 2655 ft 3 
S T = 1200 ft 2 
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Fig. 42 Determ ino Irion of furnace exit temperature and furnace absorption 


S c = 1175 ft 2 
P F = 1 atm 

Therefore the firing density is [see equation (37) of Chap- 
ter 2] 


The correction to be applied to the furnace exit tempera- 
ture due to the effect of rear- wall convection is deter- 
mined next (see Chapter 2, Subsection 2.2). The furnace 
consists of 2-in.-OD, 0.165-im-thick, ASME SA 178 A, elec- 
tric resistance welded tubes. The projected area of the 
rear wall is 190 ft 3 , and the front half of the wall surface, 
S w = 284 ft 2 . 

From Subsection 1.2(d) of Chapter 2, the tube surface 
temperature in the furnace is 

^- <s + (|)f- 592 F 

where 

t s = 541 F at drum saturation pressure of 975 psia 
QJS C = 88,100 Btu/ft £ -hr 

X e — tube equivalent thickness — - Z^log* — 

2 D { 

= 2 i0gr L67 = 0,180 
k = tube conductivity = 310 Rtu/hr-ft-F 

Next, by estimating the corrected furnace exit tempera- 
ture, 7V, to be 2200 F the tube film temperature can be 
approximated as 

T e + TV m 2298 + 2200 
- jL T JL + T s + 592 


Wp 14,349 

— — = = 5.40 

PpV f 1 X 2655 

and from Fig. 7 of Chapter 2 the concentration f actor K 
is 0.056. The mean radiating length is L = 0.6 i(/2655 = 
8.3 ft. Equation (37) of Chapter 2 can now be evaluated to 
determine the flame emissivity 

e F - 0.95(1 - = 0.353 

and for an SJS T value of 0.98, F E F A is determined to be 
0.34 from Fig. 6 of Chapter 2. 

In order for the calculation to proceed, it is necessary 
to assume several values of the furnace exit temperature. 


Making this assumption 

Assumed T Es F 

2,200 

2,300 

2,400 

Assumed T E , R 

2,660 

2,760 

2,860 

T A ;R 

4,450 

4,450 

4,450 

(QJSJi, equation (41) of 

Chapter 2; Btu/ft 2 -hr 

81,800 

88,100 

94,700 

qr A ; see above; Btu/lb 

1,073 

1,073 

1,073 

Qt? Big. 2 of Chapter 2; Btu)/!b 

617 

651 

683 

(QJS c ) 2 \ equation (42) of 

Chapter 2; Btu/ft 2 -hr 

95,100 

88,000 

81,300 


By plotting the values of (QJS^ x and (QJSJ 2 for the 
assumed furnace exit temperatures, as illustrated by Fig. 
42, the uncorrected furnace exit temperature is deter- 
mined to be 7V = 2298 F and the furnace absorption is 
found to be 88,100 Btu/ft 2 -hr. 


- 1412 F 

The temperature coefficient f T [equation (46) of Chapter 
2] then becomes 

f T = 0.000038752> + 0.1035 = 0.1586 

With a flue gas flow W g of 245,000 lb/hr and two burners 
having 2-ft throat diameters, the flue gas weight flow 
rate G is 39,000 lb/ft a -hr. Since the furnace depth D is 
14 ft, the surface heat-transfer coefficient h RW can be 
computed from equation (45) of Chapter 2 as 

gO.53 

h RW = -j^fr = 12 - 4 Btu/hr-ft 2 -F 

From Fig. 3 of Chapter 2 the specific heat C p of the flue 
gas at T f is 0.314 Btu/lb-F; therefore, the corrected fur- 
nace exit temperature TV can be determined 

TV - T s „ 2298 - 592 

^V — h RW S w 12L4 X 

e e x QMi 

T e . = 2222 F 


The estimated TV value of 2200 F was sufficiently accu- 
rate to result in a negligible error. 

c. Heating surfaces. After determining the furnace 
exit temperature, the performance of the boiler in the 
screen, superheater, and generating bank is evaluated in 
that sequence. From the approximate boiler layout, Fig. 
41, the following data are determined (all tube banks are 
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arranged in-line rather than staggered far ease of 
cleaning): 

Gas 

Tube Transverse Back Flow Heating 



Diameter, 

Pitch, 

Pitch. Area, 

Surface 


in. 

in. 

in. 

ft 2 

ft 2 

Screen (2 rows) 

2 

3.5 

2.5 

100 

765 

Superheater 

(10 rows) 

1.25 

1.875 

1.75 

70 

4,065 

Generating bank 

(24 rows) 

1.25 

1.875 

2.37 

75 

11,460 


The screen, superheater, and generating bank perform- 
ance calc illations may be conducted as shown in Table 3. 

The estimated screen, superheater, and generating 
bank outlet temperatures are sufficiently close to the cal- 
culated values to result in no significant errors. 

The final steam temperature is next determined. The 
heat absorbed by the steam in the superheater by direct 
radiation from the furnace is 

Qsh r ~ AF L QJ S t 

where 

A = screen projected area = 12.9 X 14 = 180 ft 2 
F l — screen leakage factor for a tube pitch/diameter 
ratio of 1.75 (Fig. 8 — Chap. 2) 

p. = i _ f, — Fa 

L -^Direct u» ^Pirerl to 

Ftrsi h» u«Hid nr» 

F l = 1 - 0.73 - 0.18 = 0.09 
QJS C = 88,100 Btu/hr-ft 2 

Therefore 

Qsh r = (180)(0.09)(88 ? 100) = 1,427,000 Btu/hr 

The heat absorbed in the superheater by convection from 
the flue gas as it flows through is 

Qsh, - WfitiT, - T z ) 

Q S h c = (245,000X0. 3 16)(2084 - 1339) 

= 57,680,000 Btu/hr 

Consequently , the total heat absorbed in the superheater 
is Qsh r + Qsh c = 59/107,000 Btu/hr. With a superheater 
steam flow of 202,390 Ib/hr, the heat rise of the steam 
passing through the superheater is 292 Btu/Ib; therefore, 
since the saturated steam entering the superheater has 
an enthalpy of 1193 Btu/lb, the final enthalpy of the su- 
perheated steam is 1485 Btu/lb, which corresponds to a 
final steam temperature of 958 F at a pressure of 890 
psia. 


d. Economizer* An ex ten dad- surface economizer is 
to be used for the final heat recovery. The economizer will 
be designed to reduce the flue gas temperature to the 
316 F required to obtain the 88.5-percent boiler efficiency 
desired (see Fig. 16). The l.o-in.-GD economizer tubing 
selected has 1,75 ft 2 of surface per lineal foot of tubing* 
In the space indicated for the economizer in Fig, 41, a 
unit 18 rows wide having a heated length of 14 ft can be 
installed. Under the conditions which the economizer will 
experience in service, the unit will have an overall heat- 
transfer ratf of 15 Btu/hr fU-F. The total economizer 
heating surface required, economizer height, and the final 
water temperature are to be determined. 

The economizer calculations may proceed as follows: 


Gas temp, entering, T x 631 F 

Gas temp, leaving, T z 316 F 

Change ip gas temp., Af g 315 F 

Gas sensible heat entering (Fig. 2 — Chap. 2), 


Qg\ 


Gas sensible heat leaving, 

Change in gas sensible heat, AQ ff 
Gas flow, W Q 
Feed temp, entering, t L 
Feed enthalpy entering, h\ 

Feedwater flow, W w 
Feedwater enthalpy rise (AQ g x W g /Wj } 

Ah 101.7 Btu/lb 

Feed enthalpy leaving (ftj -f Ah), h 2 357.0 Btu/lb 
Feed pump discharge pressure, p 1200 psig 

Feedwater temp, leaving (at and p)> t 2 382 F 


149 Btu/lb 
65 Btu/lb 
84 Btu/lb 
245,000 Ib/hr 
284 F 
255.3 Btu/lb 
202,390 Ib/hr 


LMTB = 


(^1 ^ 2 ) (^2 ^ l ) 



105.6 F 


Economizer heat-transfer eoeff,, U 15 Btu/hr-ft 2 -F 
Economizer surface required 
(A Q ff X WJU X LMTD), S 12,990 ft 2 

Economizer heated length, L 14 ft 

No. tube rows wide, N w 18 

Area per foot of tube, A 1.75 ft 2 / ft 

Required no. tube rows high (S/LN Ir A) 29.5 

No. tube rows high 30 

(an even number must be used as the inlet 
and outlet are on the same end) 


The preliminary design of the boiler is now complete. 
Additional boiler ratings, he., part loads or overloads, 
would be calculated next. Following this, the draft losses, 
circulation characteristics, tube metal temperatures, con- 
trol and auxiliary desuperheater sizes, safety valve set- 
tings, miscellaneous pressure drops, and similar consider- 
ations would be investigated. 
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Table 3 Screen, superheater, and generating bank performance calculations 


Temperature Data 


Inlet gas temp. (Tg for screen) 

Estimated outlet temp. 

Mean temp. = Y z (7\ + T g) 

Specific heat at T AV (Fig. 3 — Chap. Z) 
Surface temp. (sat. temp.) 

Surface temp. — superheater 

T s = + AC 

where 

saturation temp, 
desired steam temp, 
assumed wall drop 
Avg. steam temp. = V 2 (^ + 4) 

Film temp. — V t (T AV + 4 + J 
- % (T A v + zy 

Heat Transfer Data 
Convection: 

Flue gas flow 
Gas flow area 
Gas flow rate = WfA s 
Tube OD 

Gas viscosity at 7} (Fig. 4 — Chap. 2) 

Reynolds no. ~ GD/p 

Tube transverse spacing/dia ratio 

Tube back spacing/dia ratio 

Tube arrangement factor (Fig. 10— Chap. 2) 

Tube bank depth factor (Table 2 — Chap. 2) 

Temp, factor (Fig. 13 — Chap. 2) 

Convection heat-transfer eoeff i. 

0.292 F a Fj/ e [equation (52) — Chap. 2] 

iJr * 

Radiation: 

Mean radiating length [eqn. (53)— Chap. 2] 
Partial pressure of radiating constituents 
(Subsection 2.3 — Chap. 2) 


PxL 

Gas emissivity (Fig. 14 — Chap. 2 at T AV ) 
Radiation conductance factor (Fig. 14 — Chap, 2) 

Radiation heat- transfer eoeff. k r = 

Total Heat Transfer: 

Steam film conductance (ref. [8]) 


Metal conductance (1Y A Cr-Mo tubes) 
Total heat-trarissfer eoeff.: 


1 

u : 


1 1 1 

— 7~ 1 I 4- — 
■+ h? h, 


Evaluation of Outlet Temperature 
Heating surface 

m ip US 

h Js = jTE 


r. 

T t 

T av 

C, 

T s 


u 

4 


d 

D 

P 

Re 

a x 

a*i 

F A 

Fd 

fs 


L 
F E 


hj f-c 
h r 

h. 


n - t. 


1 


V 

s 

T 


F 

F 

F 

Btu/ lb- F 
F 


F 

F 

F 

F 

F 

F 


Ib/hr 

ft 2 

lb/ft z hr 
ft 

Ib/ft-hr 


Btu 

hr-ft*-F 

ft 

atm 

atm 

atrmft 


atm 


Btu 

hr-ft^F 

Btu 

hr-ftXF 


Btu 

hr-ft 2 -F 

Btu 

hr-ft^F 

ft* 


T % - T s - - <r. - T s ) 

Outlet temp T = ( T % — T$) -h T s 


Screen 

Superheater 

Generate 

Bank 

2222 

2084 

1339 

2090 

1340 

636 

2156 

1712 

987 

0.327 

0.316 

0,290 

541 

— 

541 

— 

848 

— 



541 


— 

955 

— 

— 

100 



748 

— 

— - 

1280 

- — 

1349 

“ 

764 

245,000 

245,000 

245,000 

100 

70 

75 

2450 

3500 

3270 

0.167 

0.104 

0.104 

0.092 

0.087 

0.070 

4450 

4180 

4860 

1.75 

1.5 

1,5 

1.25 

1.4 

1.9 

0,83 

0.96 

1.01 

0.765 

1.0 

LO 

0.159 

0.1565 

0.183 

6.52 

14.56 

12.5 

0.253 

0,148 

0.233 

0.239 

0.239 

0.239 

0.0605 

0.0354 

0,0557 

0.051 

0,048 

0,081 

48 

37 

13 

2.45 

1.78 

L05 

— 

570 

— 

— 

1260 

— 

8.97 

15.69 

13.55 

765 

4065 

11,460 

1.089 

— 

8.9 

1543 

— 

90 

2084 

— 

631 
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Table 3 — (continued) 






Generating 

Temperature Data 



Screen Superheater 

Bank 

The superheater is considered to be an average of a 
parallel flow and a counterflow condition. 

Steam flow 

W , 

lb /hr 

— 202,390 


Steam average specific heat 

C , 

Btu/lb-F 

— 0.702 

— 

v - W 9 Ci/WjCj„ 

For parallel flow; 

V 


— 0.545 


vs 

Ty-T ip 1 - 0- 

Tip 

4 F 

1365 


T x — ti ^ 1 + v 



For counterflow; 





r, - T tc 1 - e~w£'-« 

T te 

F 

— 1313 


T - t US 

il h 1 - v * rw £ 1 -* 




Superheater outlet temp, = ¥ % {T 2p + T £c ) 

Ti 

, F 

- 1339 

— 


Section 4 
Boiler Operation 


4*1 Wafer TrectfnefU. In boilers, water is converted 
into steam, which leaves the drum in a relatively pure 
state. Impurities, other than the gases which enter with 
the feedwater, are retained and concentrated in the boiler 
water. High concentrations of foam-producing solids in 
the boiler water aggravate water carry-over and contami- 
nate the steam. Chemical and solubility changes also take 
place as the temperature is increased, 

Natural waters contain impurities, which may be harm- 
ful in boiler operation. These impurities originate from 
the earth and the atmosphere (or from municipal and in- 
dustrial wastes), and are broadly classified as suspended 
or dissolved organic and inorganic matter, and dissolved 
gases. 

With few exceptions, the waters found in nature are 
not suitable for use as boiler feedwater but they can be 
used after proper treatment [21,22]. In essence, this en- 
tails: the removal from the raw water of those constit- 
uents which are known to be harmful; supplementary 
treatment (within the boiler or connected system) of resid- 
ual impurities to convert them into harmless forms; and 
systematic removal, by blowdown of boiler water concen- 
trates, to prevent excessive accumulation of solids within 
the unit. 

The ultimate purpose of feedwater and boiler water 
treatment, is to keep the internal surfaces free from depos- 
its of scale or sludge and to prevent the corrosion of 
these surfaces. Hard-scale formations, formed by certain 
constituents in zones of high heat input, retard the flow 
of heat and raise the metal to higher-than-normal temper- 
atures, This can cause overheating and the failure of pres- 
sure parts. Sludge, or solid particles normally carried in 
suspension, may settle locally and restrict the flow of 
cooling water or. in some cases, may deposit in the form 
of insulating layers with an effect similar to that of hard 


scale. Oil and grease prevent adequate whetting of the 
internal surfaces and, in areas of high input, cause over- 
heating; they also may carbonize and form a tightly adher- 
ent insulating coating. Corrosion due to acidic conditions, 
or to dissolved gases, can weaken the boiler by the re- 
moval of metal. This usually occurs in localized areas in 
the form of cavities and pits which if unchecked may 
result in complete penetration and leakage. Certain chemi- 
cal reactions produce an intergranular attack on the 
metal, leading to embrittlement and fracture. 

4.2 Feedwater. Virtually all oceangoing vessels use 
feedwater evaporated from seawater for the boilers, and 
thus, feedwater treatment is minimized. Some contamina- 
tion may be encountered in the distillate due to the carry- 
over of water particles with the vapor and the re absorp- 
tion of noncondensable gases but additional solids re- 
moval is not required. However, dissolved gases must be 
removed to prevent corrosion. 

Dissolved oxygen is usually the greatest factor in the 
corrosion of boiler surfaces in contact with water. It may 
be in the makeup water or in the feedwater, as a result 
of previous contacts with atmospheric air, or it may be 
added to the water by leakage into the system through 
low-pressure pump seals, storage tanks, etc. Fortunately, 
most of the oxygen can be readily removed from the water 
by the use of deaerating-type feedwater heaters. 

Corrosion may be experienced in the condensate piping 
and the preboiler system due to dissolved gases, such as 
carbon dioxide, sulfur dioxide, or hydrogen sulfide, in the 
water. These gases originate from the atmosphere or 
from constituents in the boiler water. They are released in 
the steam generators, intimately mixed with the outgoing 
steam, and finally exhausted to the condenser. 

4.3 Boiler Water. Boiler water is treated within the 
boiler to prevent corrosion, the fouling of heat-absorbing 
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surfaces, and the contamination of steam. This requires 
the injection of chemicals into the steam drum where they 
react with the residual impurities in the feedwater. Prop- 
erly controlled, internal treatment can maintain boiler wa- 
ter conditions within satisfactory limits [17,20]. 

Corrosion is minimized by maintaining an alkaline boiler 
water and this condition is usually expressed in terms of 
“pH ,f or “total alkalinity. 1 ' The pH of boiler water usually 
is main tamed within the range of 10.2 to 1L5. 

The removal of dissolved oxygen is desirable in all boil- 
ers but it is mandatory for high-pressure units. It is cus- 
tomary in removing oxygen to supplement feedwater de- 
aeration by internal chemical treatment of the water, 
using a scavenging agent such as sodium sulfite, which 
combines with the oxygen to form a stable sodium sulfate. 
Hydrazine also may be used for the purpose yielding end 
products of water and inert nitrogen. These chemicals 
prevent the entrance or the retention of dissolved oxygen 
and are maintained in the boiler water with a small mar- 
ginal excess. 

The elimination of hardness in the boiler water is neces- 
sary to prevent scale and it can be removed by injecting 
one of the combinations of sodiu m or potassium phosphate 
and thoroughly mixing the compound with the boiler wa- 
ter, If the alkalinity is maintained at a pH of 10 or higher, 
the residual calcium ions entering with the feedwater are 
precipitated as an insoluble phosphate sludge and the 
magnesium is precipitated as a nonadherent magnesium 
hydroxide. Routine control requires the adjustment of the 
pH by the addition of sodium hydroxide, or its equivalent, 
and the maintenance of a moderate excess of phosphate 
ions in the boiler water. 

The treatment best suited to any boiler plant depends 
upon many factors, and a feedwater specialist should be 
consulted to establish specific procedures. However, the 
results obtained will depend upon the diligence and integ- 
rity of the routine sampling and the control measures 
conducted by the operating personnel. 

4.4 Boiler Operation and Care, The boiler design 
should reflect careful consideration of the factors affect- 
ing the operation and care of boilers. These factors in- 
clude: initial preparation of new equipment for service; 
normal operation, including routine start-up and shut- 
down; emergency operation; inspection and maintenance; 
and idle storage. In all phases the handling of the equip- 
ment is the responsibility of the operator, but the overall 
boiler design reflects the recommendations and operation 
instructions supplied by the manufacturer. These should 
be thoroughly understood and carefully followed. 

a. Initial preparation. The initial preparation of 
new units for service, or that of older equipment after 
major alterations or repairs, entails the removal of foreign 
material from both the casing and the interior of pressure 
parts; hydrostatic testing and inspection for leaks; and 
the boiling out of the unit with a caustic solution to remove 
grease and other deposits, which may be present in the 
economizer and steam-generating pressure parts. During 
boil-out the unit is fired at a low rate to maintain about 
50% of the normal operating pressure. This procedure 
facilitates the desired slow drying of any refractories used 


in the boiler setting. During the boil-out period, which is 
usually from 12 to 36 hr duration, the boiler is blown down 
periodically through all of the blowdown connections in 
rotation to eliminate the sediment removed from the sur- 
faces. If necessary, the boil-out may be supplemented by 
an inhibited acid cleaning to remove mill scale. 

Following the boil-out, it is general practice to reduce 
the concentration of boii-out chemicals to a satisfactory 
operating level by blowing down and replenishing with 
fresh water. The boiler pressure is then increased to test 
and set the safety valves. Next, the superheater and the 
steam piping are blown out to remove foreign material, 
and the boiler is placed on the line for a period of low-load 
operation during which the auxiliary equipment, controls, 
and interlocks are test operated. After this operation and 
testing, it is customary to shut down, cool, and drain the 
unit and then thoroughly inspect the internal and external 
surfaces before the start of normal operation. 

b. Normal operation. Normal operation includes 
the orderly start-up and shutdown of equipment and its 
operation, under controlled conditions, to meet load re- 
quirements. Since about 80% of all furnace explosions 
occur during start-up and low-load operation, particular 
care must be taken during these periods. 

The rate of firing during start-up is restricted to pre- 
vent overheating of the superheater (and reheater) metals 
when there may be little or no cooling steam flow. To 
prevent excessive temperature differentials and possible 
high thermal stresses in the pressure parts, excessive 
firing rates are to be avoided. These considerations gov- 
ern the time required for start-up and also, to some extent, 
for cooling after shutdown. 

c. Boiler cleaning. For satisfactory and efficient op- 
eration, a boiler must be kept clean on both the waterside 
and fireside. With adequate attention to the pre boiler feed 
system and by maintaining the boiler waterside chemistry 
within prescribed limits, there should he little need to 
dean the waterside. The fireside, on the other hand, re- 
quires daily attention if the steam temperature and boiler 
efficiency are to be maintained at their optimum values. 

Only distilled and deaerated water should be used for 
feeding the boiler and for feed makeup. Total solids in the 
boiler water should not exceed a maximum of 500 ppm 
during normal operation. Suspended solids should be zero 
but not greater than 5% of the total solids. Chlorides 
should be lower than 2 ppm and phosphate should be in 
the range of 10 to 25 ppm. The pH of the boiler water 
should be in range of 10,2 to 11,5. An oxygen scavenger 
(sodium sulfite) should range from 30 to 50 ppm measured 
as S0 3 . The boiler water, maintained within these limits, 
will not form scale or baked-on sludge deposits on the 
tube surfaces. 

To assist in maintaining dean waterside conditions, a 
steaming boiler should be given a surface blow each day, 
A test for total dissolved solids made before and after the 
blow will indicate if additional attention is required. The 
water drum bottom blowoff connection and waterwall 
blowdowns should be used as necessary in controlling 
suspended or total solids in the boiler water. 
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If conditions are allowed to deteriorate to the point 
that scale or baked-on sludges are found during waterside 
inspections, chemical analysis of the deposits will indicate 
the cleaning method best suited for their removal. Tubes 
may be cleaned by passing air-turbine-driven brushes and 
scale cutters through each tube, and flushing with a high- 
pressure water hose. The entire boiler can be cleaned as 
a unit more quickly and efficiently by acid cleaning, A 
specialist should be consulted to accomplish this proce- 
dure, which entails the use of arid and neutralizing rinsing 
agents. The acid strength, neutralizers, and the tempera- 
ture at which they are used are of vital importance if the 
cleaning process is to be kept within safe limits. Excessive 
acid strength or unneutralized acid remaining after clean- 
ing will pit and attack the metal possibly to the point that 
replacement of parts is required, 

A boiler should be designed to facilitate the cleaning of 
the fireside. The heating surfaces of the superheater 
boiler generating bank as well as the economizer and air 
heater should be arranged in in-line patterns, which pro- 
vide clear lanes through which inspection and cleaning can 
be accomplished. Staggered patterns are slightly more 
efficient from a heat-transfer standpoint but are more 
difficult to inspect and clean. 

In extreme conditions, hand lancing or water-washing 
with high-pressure water may be required; however, im- 
provements in burners and in the arrangement of the 
boiler and its cleaning equipment have minimized the need 
for hand cleaning. Soot blowers are used to clean the 
fireside at regular intervals. The frequency depends on 
the fuel ash characteristics, combustion efficiency, and 
the rates of operation. 

Air or steam can be used as the blowing medium; how- 
ever, oil-fired boilers almost universally use steam. Steam 
is available in large quantities and at a low cost. Air, 
often used in coal-fired units, is “puffed” intermittently to 
permit repressurization of the air receivers by the air 
compressor. 

Superheated or desuperheated steam can be used with 
good effect The steam should be supplied in a dry state, 
and the supply system must have adequate traps or be 
fitted with orificed drains to remove condensate so as to 
prevent it from reaching the blower elements. 

Three basic types of steam soot blowers are used. The 
long, retracting, mass-action type is used in superheaters; 
the rotary, valve-in-head, line blower is used in boiler 
banks, economizers, and tubular air heaters; and the sta- 
tionary-type unit is used in hoppers and where fixed direc- 
tions of blowing are desired to remove localized deposits, 
such as those forming on top of the water drum. 

The soot blowing system can be manually operated or 
sequential pushbutton controls can be employed to auto- 
matically program the cleaning process. Once initiated, 
the automatic sequencing control opens the steam supply 
valve, warms the lines, blows the soot blowers in se- 
quence, and then shuts down the steam supply, 

4.5 Boiler Storage 

a. Dry storage. When a boiler will be idle for a con- 
siderable length of time and there will be ample time 


available to prepare for its return to service, the dry- 
s to rage method is recommended. To accomplish this, the 
unit is emptied, thoroughly cleaned internally and exter- 
nally, dried, and then closed tightly to exclude both mois- 
ture and air. 

Trays of lime, silica gel, or other moisture absorbents 
are placed in the drums to collect the moisture trapped in 
the air when closing the boiler. To insure against a possi- 
ble overflow of corrosive liquid after the moisture has 
been absorbed, not more than 75% of the tray capacity 
should be filed with the dry’ absorbent Care must be 
taken to prevent water, steam, or air leakage into the unit, 
and periodic inspections should be made to make sure 
that there is no corrosive action. The absorbent should be 
replenished as required. 

b. Wet storage. If boilers are to be placed in standby 
service but t must be available for immediate operation, 
before shutting down they should be steamed to stabilize 
the boiler water conditions and to remove oxygen bubbles 
from the internal surfaces. The boiler firing rate should 
then be decreased slowly and the steam drum water level 
should be raised as high in the gage glass as is consistent 
with safe operation while still passing steam to the line. 
The hydrate alkalinity in the boiler water should be in- 
creased to a minimum of 400 ppm, and, with the addition 
of sodium sulfite in the amount of 100 ppm. oxygen corro- 
sion can be prevented. 

During storage, boiler connections should be checked 
for leakage and frequent samples of boiler water should 
be taken and analyzed. If analyses indicate that the hy- 
drate alkalinity is less than 250 ppm, the water in the 
steam drum should be lowered to the normal operating 
level, and chemicals should be injected to bring the hy- 
drate alkalinity back to 400 ppm. The boiler should then 
be steamed sufficiently to circulate the added chemicals, 
following which the process of wet storage should be 
completed in the usual manner. 

c. Steam blanket. The steam blanket method pro- 
rides excellent protection for short-time idle storage, but 
requires a continuous source of low-pressure steam {in 
order of 150 psig) and connections for maintaining this 
steam pressure in the stored boiler. All vents and drains 
should normally be closed to allow the boiler and super- 
heater to fill with condensate but the boiler can be drained 
periodically if desired. 

d. Nitrogen blanket. The oxygen-free nitrogen stor- 
age method is one in which nitrogen gas at a pressure of 
10 to 15 psig is maintained in the unit at all times during 
its idle status. It can be used with very satisfactory results 
if the boiler, terminal valves, and fittings are tight under 
normal hydrostatic pressure. 

The boiler can either be emptied or a normal water level 
maintained in the steam drum. The nitrogen is admitted 
when the boiler pressure has dropped below the gas pres- 
sure which will be maintained in the unit. Satisfactory 
protection against corrosion depends upon system checks 
and the renewal of nitrogen, as necessary. 

To ready a boiler for service after storage, the nitrogen 
supply is secured and the water level in the steam drum 
is raised to that required for lighting-off . Any nitrogen in 
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the steam drum and superheater will be displaced by the 
steam generated during the customary venting of the 
steam drum and the superheater as steam pressure is 
increased [23], 
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CHAPTER VI 


W. 6. Cotlow 


Steam Turbines 


Section 1 

Arrangements and Cycles 


1,1 Introduction. Although the early development of 
steam power was based on the use of a reciprocating 
steam engine as a prime mover, the inherent advantages 
of a steam turbine soon became apparent and have made 
it the choice for steam propulsion plants. Turbines are not 
size limited and can be provided for any power rating up 
to the maximum likely to be encountered in marine ser- 
vice* High steam pressures and temperatures can be ac- 
commodated safely and are limited only by boiler prob- 
lems. Rotary motion. is simpler than reciprocating motion; 
and the unbalanced forces (that produce vibration), which 
are present in many reciprocating machines, can be elimi- 
nated in the turbine. In addition, a turbine can efficiently 
use a low exhaust pressure and is characterized by light 
weight, minimum space, and low maintenance. 

A marine steam turbine operates in accordance with the 
same basic fundamentals as its land-based counterparts 
in central station and industrial applications but differs in 
many important respects. This chapter emphasizes those 
features and characteristics peculiar to marine applica- 
tions, which are derived from the special requirements of 
marine propulsion or auxiliary drives* 

The science, and often art, of turbine design is a highly 
specialized field, and a number of textbooks have been 
devoted almost entirely to this subject [1-3]* This chapter 
is intended to provide information useful to marine engi- 
neers, owners, and operators in connection with the appli- 
cation and operation of marine steam turbines. 

Turbines are used to propel many types of vessels hav- 
ing widely varying requirements with respect to power, 
economy, weight, and arrangement. In the selection and 
development of a turbine design for a specific application, 
the following factors must be considered: 

(1) The maximum ahead power needed to provide the 
desired ship's speed. 

(2) The relative amounts of time spent at maximum 
power and reduced cruising powers. 

(3) The turbine throttle steam pressure and temper- 
ature* * 

(4) The steam cycle arrangement, together with the 
number and location of extraction points and cor- 
responding steam flows* 

(5) The turbine exhaust vacuum for design purposes* 

(6) The type of power transmission to the propeller. 

(7) The astern operating requirements. 

(8) Space limitations of the engine room arrangement. 
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(9) The importance of machinery weight and size. 

This chapter deals with the effects of these and other 
factors upon the design of turbines* 

1*2 Mathinery Arrangements* A steam turbine is es- 
sentially a/high-speed machine, whereas a propeller is 
more efficient at lower speeds* A speed reducer is, there- 
fore, required to optimize the propulsion system. Reduc- 
tion gearing is the common choice for most marine applica- 
tions; however, other forms of power transmission are 
possible. Many applications have been built with an elec- 
tric drive, for example. With a conventional electric drive, 
the reversal of shaft rotation is obtained electrically, and 
the turbine may be undirectional* This, coupled with more 
arrangement flexibility and improved technology, has 
made an electric drive attractive for certain applications, 
as discussed further in Chapter 8. 

The most common steam turbine arrangement is a 
cross-compound unit consisting of a high-pressure, high- 
speed turbine, as shown in Fig. 1, and a low-pressure, low- 
speed turbine, as shown in Fig. 2, which drives a single 
fixed-pitch propeller through reduction gears and shaft- 
ing* A complete astern turbine is generally provided in 
the low-pressure turbine casing. 

The efficiency of a cross-compound unit is maximized by 
providing sufficient stages to achieve an optimum blade 
speed. In addition, the high-pressure portion of the turbine 
can be made smaller, lighter, and more efficient by design- 
ing it to operate at a higher speed than the low-pressure 
turbine. 

As the rated power and steam flow of a cross-compound 
turbine are increased, the required diameter at the ex- 
haust increases correspondingly; and a point is reached 
where the size becomes objectionable from both an ar- 
rangement and a manufacturing viewpoint. To provide 
additional exhaust area, the low-pressure turbines of 
high-powered cross-compound sets may be designed to 
have a double-flow exhaust as shown in Fig. 3. With this 
arrangement, the steam flow is divided and flows through 
two equal-capacity low-pressure elements to the con- 
denser. Since the same total exhaust area is provided at 
a reduced diameter, this construction permits the low- 
pressure turbine to operate at a higher rpm, which, in 
turn makes possible a reduction in weight. 

It is customary to provide an astern turbine at each end 
of a double-flow rotor* The astern steam flow is controlled 
by a single throttle and the flow is divided equally between 
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the two turbines* The symmetrical arrangement and equal 
division of flow results in the same pressure at each ahead 
exhaust and, therefore, no pressure differential across 
the ahead blading* 

In lieu of a cross-compound arrangement, all of the 
ahead and astern blading can be provided in a single cas- 
ing. While such an arrangement could be built for any 
power output, single-casing turbines generally are not 
considered for powers above 20,000 to 25,000 shp* At pow- 
ers below this range, a single-casing turbine has some 
definite advantages, such as reduced initial installation 
and maintenance costs and more simple gland sealing, 
gland exhaust, lubricating-oil supply and drain systems, 
overspeed protection system, and machinery foundations* 

A cross section of a typical single-casing turbine is 
shown in Fig* 4* Thirteen impulse stages are provided in 
the ahead turbine; these consist of a two-row wheel fol- 
lowed by twelve single-row wheels* The astern turbine 
consists of two impulse stages: a two-row wheel, followed 
by a single-row wheel* 

The steam rate for a single-casing turbine is approxi- 
mately 1% lower than a comparable two-casing or cross- 
compound turbine. This lower steam rate is due to several 
factors: (1) the total blade speed is limited by the number 
of stages that can be accommodated on a single rotor of 


practical length, and also by the maximum rotor speed for 
which the ahead exhaust stages can be designed; (2) the 
increased rotor length requires a larger-diameter shaft 
and, consequently, interstage leakage losses are greater; 
and (3) some compromise is necessary with respect to the 
blade height-to-diameter ratio selection. 

When developing the best overall turbine design for a 
given set of conditions, the designer must select a great 
many variables including the number of casings, revolu- 
tions per minute for each rotor, number of stages, and 
the nozzle and blade height for each stage* An optimum 
design could be formulated by an iterative process con- 
sisting of a comparison of a series of turbine designs in 
which each of the principal variables is individually tested 
through an appropriate range* In the evaluation of the 
results, proper consideration is given to weight, size, and 
cost as well as efficiency. However, a complex study of 
this type is seldom necessary because experience and com- 
parisons with similar designs, aided by the judgment of 
the turbine designer, make short-cut procedures possible* 

At least three arrangements of the low-pressure tur- 
bine and condenser are in use* In one, the low-pressure 
turbine is supported by longitudinal girders forming an 
integral part of its lower casing; the girders are supported 
by a foundation structure at the forward end and by the 
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gear casing at the aft end. This arrangement permits the 
condenser to be hung and located below the turbine and 
has the advantage that thermal expansion of the con- 
denser does not affect the turbine-gear alignment. 

As an alternative, the turbine may be supported by the 
condenser. In this case, thermal expansion of the con- 
denser will raise the turbine centerline with respect to the 
pinion, and this must be considered in the design of the 
flexible couplings between the turbine and pinion. 

In a third arrangement, the condenser is located for- 
ward of the low-pressure turbine such that the turbine 
exhausts axially into the condenser. This arrangement 
has the advantage of reduced overall height, but the disad- 
vantage of increased machinery length. 

The detail design of foundations for machinery is the 
responsibility of the ship designer; however, it is in order 
for the machinery supplier to review and comment upon 
the machinery foundation drawings to ensure that proper 
support is afforded the equipment and that no undesirable 
restraints are imposed. Emphasis must be given to the 
provision of adequate foundation rigidity to avoid vibra- 
tion conditions. This is particularly important with respect 
to periodic variations in propeller thrust, which may excite 
longitudinal vibrations in the propulsion system. A mote 
complete discussion of the principles and problems associ- 
ated with the design of equipment foundations is pre- 
sented in reference 4, 

Steam turbines, reduction gears, shafting, and propel- 
lers form a closely related system; and to develop an opti- 
mum overall system design, it is important that the total 
system requirements be considered in the development 


of each component. This relates not only to the physical 
arrangement and choice of speeds, but also to such consid- 
erations as the vibratory characteristics of the overall 
system, 

1,3 Reheat Turbines. Reheat is usually accomplished 
by passing the steam through a section of the turbine, 
returning it to a special section of the boiler (called the 
reheater) where its temperature is increased by flue 
gases, and passing the reheated steam through the re- 
mainder of the turbine. Reheat may also be accomplished 
by increasing the temperature of the returned steam in a 
separate heat exchanger that is heated by steam taken 
directly from the boiler. With a gas reheater, the steam 
can be reheated to the initial temperature; but with a 
steam reheater, the returned steam can only be reheated 
up to the saturation temperature of the steam taken from 
the boiler. 

A reheat cycle is obviously more complex than a non- 
reheat cycle; however, a reheat cycle can provide a 10 to 
12% gain in plant efficiency. The increase in cycle effi- 
ciency is due, primarily, to an increase in the mean effec- 
tive temperature at which the heat is added since the 
reheat part of the cycle increases the quantity of heat 
added at higher temperatures. A secondary, but impor- 
tant, effect is the reduced formation of moisture in the 
last stages of the turbine, which improves the efficiency 
of these stages. 

A reheat cycle is primarily used in higher-powered units 
(i.e. s 25,000 shp and above). As vessels increase in size 
and speed, their power requirements, and therefore, fuel 
costs, often increase faster than other operating costs; 
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consequently, fuel savings can become relatively more 
important, A reheat cycle offers the maximum economic 
thermal efficiency that can be provided by a steam plant. 
Reheat cycles are not used in naval designs because the 
improvement in efficiency is not considered to warrant 
the additional complexity. 

The considerations associated with the selection of ini- 
tial steam conditions and vacuum for reheat plants are 
similar to those for nonreheat units. Marine reheat plants 
probably will continue to have more modest steam condi- 
tions than land-based applications because of lower power 
ratings and the fact that the safety of a ship is dependent 
upon the reliability of its power plant. 

a. Gas reheat The improvement in plant perform- 
ance offered by a gas reheat cycle is equivalent to an 
increase of about 125 deg F in the initial steam tempera- 
ture of a nonreheat plant. In other words, a reheat plant 
wit h an initial temperature of 950 F and a single reheat 
to 950 F will have about the same fuel consumption as a 
nonreheat plant with an initial temperature of 1075 F, It 
is unlikely that marine plants will include more than a 
single stage of reheat because of piping complications and 
the fact that while the addition of the firs t reheat reduces 
fuel consumption by about 5%, the improvement resulting 
from the use of a second stage would be less than half 
this value* 

The selection of the appropriate reheat pressure in- 
volves several considerations. Reheating at high pres- 
sures reduces the volume of steam and, therefore, smaller 
pipe diameters may be used, while the reverse Is true 
when lower reheat pressures are selected. The improved 
flexibility of smaller-diameter piping is advantageous 
since thermal expansion may be accommodated more eas- 
ily; however, a higher design pressure may require an 
increase in the pressure standard for piping, valves, and 
fittings. Generally, the selected reheat pressure falls be- 
tween 15 and 20^ of the throttle pressure, and within 
these limits plant efficiency is not sensitive to changes of 
as much as plus or minus 50 psi. 

When marine boilers and turbines are located adjacent 
to each other, which is desirable to minimise the amount of 
piping involved, it is generally possible to avoid a problem 
sometimes encountered with land-based plants. The large 
amount of steam contained in long piping runs to and from 
the reheater constitutes a hazard if the load is accidentally 
lost. The work, which can be done by the expansion of 
this steam through the remainder of the turbine, may be 
sufficient to overspeed the unloaded turbine. Automati- 
cally controlled intercept valves provided at reentry to the 
turbine in land practice have not been required in marine 
installations because of shorter piping runs, 

A gas-reheat cycle subjects a larger portion of the plant 
to high temperatures and proper attention must be given 
to thermal expansion. There is also a wider use of high- 
temperature materials. A reheat cycle entails a large 
change in enthalpy within the turbine, and this requires 
either more stages or more blade speed to efficiently con- 
vert this additional heat to useful work. 

A three -casing arrangement was selected for one of the 
first marine turbines designed for a gas-reheat cycle [5], 


which allowed reheating at approximately optimum pres- 
sure between the high-pressure and intermediate-pres- 
sure turbines. The relatively short turbine rotors were 
considered to be more rugged; however, the increased 
number of casings, bearings, couplings, and rotating 
parts increased the initial cost. 

Subsequent marine reheat installations have used a 
two-casing turbine arrangement | 6], which was based 
upon the successful naval experience with the series-par- 
allel type of high-pressure turbine. A typical HP-IP tur- 
bine for reheat applications is shown in Fig, 5. In this 
arrangement, steam enters at the center of the unit and 
exhausts from one end to the boiler, where it is reheated. 
It is then returned to the turbine at the center. After 
expansion through the remaining stages, the steam flow 
leaves from the other end and is led to the low-pressure 
turbine inlet by a cross-under connection. High tempera- 
tures and pressures are confined to the central portion of 
the turbine and do not influence the glands or bearings. 

No significant turbine problems are associated with ma- 
neuvering and astern operations that are peculiar to gas- 
reheat plants, except that adequate axial clearances must 
be provided to assure that mbs will not occur due to 
differential expansion of the casing and rotor should rapid 
changes in the reheat temperature occur during transient 
conditions, 

The boiler designer, however, must deal with the fact 
that there will be no flow through the reheater section of 
the boiler during astern operations, and suitable protec- 
tion must be provided to prevent overheating and damage 
to the reheater tubes. Steam flowing through the astern 
turbine is not reheated for several reasons: (a) a nonreheat 
astern turbine is simple, compact, easy to control, and 
entirely adequate; ( b ) switching a single reheater from 
ahead to astern flow circuits would be impractical; (c) 
astern operation is infrequent and of short duration, 
therefore the expense incurred to improve its perform- 
ance cannot be justified; and furthermore, {d) the gains 
due to reheat w ould be insignificant since the conditions 
curve for an astern turbine usually lies entirely in the 
superheated region and the addition of reheat would only 
result in undesirably high exhaust temperatures. 

!>♦ Steam reheat. Steam leaving the high-pressure 
turbine may be reheated by saturated steam at boiler 
pressure in a separate heat exchanger in lieu of being 
passed through a reheater located in the boiler gas path. 
With a gas reheater the steam can be reheated to the 
initial temperature, but with a steam reheater the temper- 
ature of the steam returned to the turbine is limited to 
the saturation temperature corresponding to the boiler 
drum pressure. 

Steam reheat has advantages when maneuvering in 
that the reheater elements cannot become any hotter than 
the saturation temperature of boiler pressure steam, and 
no special precautions are necessary to protect the reheat- 
ers. The reheater size is reasonable and it may be placed 
adjacent to the turbines to form a portion of the flow 
path between casings. A conventional boiler with a normal 
superheater may be used, and operation of the plant is 



VALVE STEM 
LEAK OFF 
(OUTERS 



Fig. 5 Typical HP-IP reheat turbine 
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no more sensitive or complicated than for a conventional 
nonreheat plant. 

There are several disadvantages associated with steam 
reheat. One is due to the need for a reheater drain pump, 
which must operate at a high discharge pressure to return 
the live steam drains to the boiler drum to avoid the losses 
that would occur if the drains were allowed to cascade 
through the feed heaters. In addition, and perhaps more 
important, the steam-reheat cycle with one stage of reheat 
is about 4% less efficient than gas reheat at the same 
initial temperature, although this difference may be cut 
in half by the use of two steam-reheat stages [7,8]. Since 
cycle studies indicate that this discrepancy increases as 
the initial pressure and temperature increase, steam re- 
heat becomes less attractive at higher initial conditions. 

1*4 Nuclear Cycles. The introduction of pressurized- 
water nuclear reactors for submarines and for naval and 
merchant surface vessels involves complications for a tur- 
bine designer. These problems are not new; indeed, since 
the turbine inlet steam is saturated, the high-temperature 
problems associated with oil-fired steam plants are re- 
placed by the problems of excessive moisture that were 
common during the early days of turbine development 

The steam pressure developed by a pressurized-water 
reactor plant varies with output; the maximum pressure 
occurs at no load and decreases approximately linearly 
with load to a minimum at full power. The merchant vessel 
NS Savannah was designed for 715 psig and 445 psig at 
no load and full power, respectively. 

Variations in inlet pressure require special attention 
during the design of the control stage. Blade stresses in 
the control stage of a nuclear turbine increase more rap- 
idly with a decrease in power than a conventional turbine 
because not only does the outlet pressure of the stage 
decrease but also the inlet pressure increases, thus ac- 
centuating the increase in heat drop and steam velocity 
with corresponding increases in blade stresses at lower 
powers. 

a. Steam moisture considerations* The steam pro- 
duced by a pressurized-water reactor plant is saturated, 
and with careful design its moisture content can be kept 
to less than 1 percent at the turbine inlet. As the steam 
expands through the turbine, the moisture content in- 
creases, reaching as much as 18-20% in the exhaust to 
the condenser if no steps are taken to reduce the moisture, 
as may be seen from Fig. 6. The high moisture content in 
the turbine steam path is a disadvantage of the pressur- 
ized-water reactor cycle and requires careful attention in 
the design of the turbine. 

Moisture causes a loss in the turbine stage efficiency, 
principally due to the loss of a portion of the steam, or 
working fluid, but also because moisture travels through 
the turbine at a lower speed than the steam and tends to 
hit the backs of the inlet edges of the moving blades. The 
overall loss amounts to a reduction in stage efficiency of 
approximately 1.2% for every average percent of moisture 
in the stage. 

The action of the blades striking the slower-moving 
water droplets at a high relative speed causes erosion of 
the leading edges of the blades, particularly near the tips 



Fig. 6 Turbine condition curve — nuclear cycle — pressurized-water reactor 


where speeds are greatest and where a concentration of 
moisture develops due to centrifugal action in the moving 
blades. When the acceptable limits of speed and moisture 
for an unprotected blade must be exceeded, local harden* 
ing or shields of hard material may he secured to the blade 
to extend these limits. 

Moisture creates still other erosion problems. Some in* 
ternal steam leakage may occur at the horizontal joints 
of diaphragms, gland packing boxes, and other internal 
joints subject to a pressure differential* This leakage is 
normally so small as to be negligible in a properly con- 
structed turbine and will not increase significantly if the 
leakage steam flow is dry; however, the presence of mois- 
ture will create a corrosion-erosion problem if the surfaces 
subject to leakage are of plain carbon steel, and the leak- 
age area and flow will increase continuously until the loss 
of efficiency requires corrective action. 

Moisture in the leakage flow through the interstage 
packing has also been found to cause unacceptable corro- 
sion-erosion of the sides of the turbine wheels as the mois- 
ture is thrown outward. 

Experience has shown that it is desirable to use a corro- 
sion-resistant material for all surfaces subject to moisture 
impingement. Rotors and casings may be machined from 
stainless steel, or carbon steel casings may be faced in 
critical areas with a welded inlay of stainless steel. 

Although a proper choice of materials alleviates the 
corrosion- erosion problem, it does nothing for the loss in 
efficiency, and therefore steps must be taken to remove 
as much moisture as possible from the steam path* In 
general, two approaches are possible: (1) internal separa- 
tion, or moisture separators, which are used for both nu- 
clear and nonnuclear cycles, as described in Section 5.4; 
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and (2) external separation, which is treated in the fol- 
lowing. 

b. External moisture separation. Moisture may be 
extracted by removing the steam from the turbine and 
treating it in an external separator. This method is applica- 
ble to the cross-compound type of unit where the pressure 
in the high-pressure turbine exhaust is about 45 psia and 
the moisture may reach 12% at full power as illustrated 
by Fig. 6. If this moisture were not removed, it would 
increase still further when expanding through the low- 
pressure turbine and cause serious erosion problems and 
a loss in turbine efficiency. 

The ideal separator should be designed for maximum 
moisture removal coupled with minimum pressure drop 
and minimum space requirements. The power loss to the 
overall plant is about 1% for every 1-psi pressure drop, 
compared with a power loss of 0.6% for every 1% of mois- 
ture entering the low-pressure turbine. Thus, if a net gain 
in efficiency is to be realized, the sum of moisture and 
pressure-drop losses with a separator must be less than 
the moisture loss with no separator. 

Many types and arrangements have been developed, 
but in general external separators consist of a pressure 
vessel having inlet and outlet connections to the crossover 
piping, internals arranged to remove moisture, and a 
drainage system. The separator may be located forward 
of the high-pressure turbine and supported on the same 
longitudinal girders, or arranged at the side of the unit 
and supported by ship’s structure. 

The separator internals may include centrifugal, baffle, 
or wire-mesh devices. Centrifugal devices rotate the 
steam flow, which tends to drive the heavier water drop- 
lets to the outer diameter where they are drained off. 
The baffle types function by collecting moisture on their 
surfaces and then allowing it to drain off. Baffles vary 
from simple chevron styles to more elaborate arrange- 
ments having hooks and partially sheltered passages for 
drainage as shown in Fig. 7. Wire-mesh types function 
similarly by collecting moisture through surface contact. 

The design of moisture separators is not an exact sci- 
ence but rather the result of a great deal of testing and 
experience. It has been found that the steam velocity con- 
figuration in the crossover pipe is complex and includes 
secondary flows induced by the exhaust elbow and by the 
turbine-exhaust hood. This uneven velocity distribution 
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Fig. 7 Moislure baffles 


may overload some sections of the separator. A large 
portion of the moisture in the high-pressure turbine ex- 
haust, up to 80%, has been found to consist of water 
running along the surface of the pipe wall. This suggests 
the use o’f a skimmer at the inlet of the separator to avoid 
overloading the inlet portions of the separator. 

Reentrainment of separated moisture may occur when 
water on an internal surface is swept back into the vapor 
stream before it can be drained, and must be avoided 
because droplets may be produced which are too small to 
respond to subsequent separating efforts, or they may be 
formed in a late stage and thus escape. 

Large droplets may split into smaller ones, a process 
called “droplet fracture” that makes separation more dif- 
ficult. Such fracture occurs when there is a large relative 
difference in velocity between the vapor and the droplet, 
such as may occur when large drops are swept from a 
trailing edge. In addition, mechanical fracture, or split-up, 
may occur by collision of a large drop with an obstacle. 

Testing and performance verification of moisture sepa- 
rators involve practical problems. The performance of sep- 
arators is highly sensitive to the moisture particle size. 
Since both the measurement of drop size and the artificial 
creation of moisture truly representative of that found in 
actual turbine exhausts are difficult, if not impossible, it 
has been found necessary to supply saturated steam to a 
high-pressure turbine coupled to a power absorption de- 
vice, then lead the exhaust containing the required mois- 
ture to the separator on test. After passing through the 
separator, the steam is throttled through a valve to a low 
back pressure at which the steam becomes superheated, 
and its temperature may be used to calculate the residual 
moisture at the separator outlet. 


Section 2 

Turbine Performance 


2,1 Steam Condition*. Ever since the early days of 
the steam turbine, efforts have been made to improve the 
steam conditions in order to increase the economy of the 
power plant. Steam conditions of marine steam power 
plants have tended to advance by steps, with each advance 
followed by a period during which experience has been 
obtained and the knowledge gathered for another forward 
step. 


Increasing the steam pressure will increase turbine effi- 
ciency until a pressure of about 2500 psig is reached. A 
rough rule states that “Doubling the pressure will reduce 
the heat rate by 4-6 percent.” More accurately, a 100-psi 
increase in initial pressure will reduce the steam rate by 
the percentages given in Fig. 8. 

The gains decrease as the pressure increases because 
the turbine efficiency declines at higher pressures. As 
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Table 1 Recommended initial steam pressures 


Rated ssp 

Initial Pressure, 
psig 

2500-4000 

400 

4000-10,000 

6(K> 

10,000-20.000 

900 

20,000 and up 

1500 


steam pressures increase, the specific volume of the 
steam decreases; therefore, the nozzles and blades be* 
come smaller and less efficient. A limiting pressure is 
reached for every capacity of turbine at which the gain 
due to the improvement in pressure is offset by the de- 
crease in internal efficiency. For this reason, higher initial 
pressures may be used more effectively on larger tur- 
bines. 

The initial pressures given in Table 1 are recommended 
as practical upper limits for various sizes of propulsion 
units. It should be noted, however, that somewhat lower 
pressures are determined to be optimum when all of the 
economic factors are considered. The pressures given in 
the table have been chosen because they permit reason- 
able utilization of the pipe flange and valve dimensional 
standards of the American National Standards Institute 
as shown in Fig, 9. The regulatory bodies require adher- 
ence to these standards for merchant marine propulsion 
units. 

Increasing the initial temperature will also reduce the 
heat rate and steam rate. As an approximation, a 15 deg 
F increase in temperature at full power or a 25 deg F 
increase at lower powers will result in a 1% decrease in 
steam rate. More accurately, a 100 deg F increase in initial 
temperature will reduce the steam rate by the percent- 
ages given in Fig. 8. 

Unlike a change in initial pressure, a change in tempera- 
ture affects the specific volume only a relatively small 


amount. As a result, the physical dimensions of the parts 
are changed only slightly, and an increase in initial tem- 
perature will improve the economy of both large and small 
turbines about equally. Part of the reduction in heat rate 
resulting from an increase in initial temperature (at con- 
stant initial pressure) is caused by an increase in turbine 
efficiency resulting from a reduction in the moisture pres- 
ent in the lower pressure stages. The remainder is due to 
the increase in the available energy. 

For a given initial pressure, there is a minimum initial 
temperature below which the moisture content in the low- 
pressure end of the turbine is sufficient to cause undesir- 
able erosion of turbine blades and loss of stage efficiency. 
A moisture content of 12% in the exhaust is often accepted 
as limiting, and the corresponding minimum initial tem- 
peratures may be noted from Fig. 9. Certain combinations 
of pressure and temperature have become widely ac- 
cepted; these standardized conditions are indicated in Fig. 
9. Although marine steam turbines can be designed to 
operate at temperatures of 1040 F or higher, practical 
problems in the superheaters of marine boilers tend to 
impose an upper limit of 950 F. 

Concern has been expressed regarding the sudden im- 
position of high temperature upon a normally cool astern 
turbine and exhaust casing; however, it is possible to ac- 
commodate the thermal shock and rapid expansion with- 
out either distress or distortion. 

2.2 Exhaust Vacuum. A moderate vacuum of 2814 in. 
Hg has become generally accepted as a design basis for 
merchant propulsion turbines. This selection is considered 
a reasonable economic compromise considering the world- 
wide variation in seawater temperature and the size, 
weight, and cost of turbines and condensing equipment. 

Low seawater temperatures permit high vacuum and, 
conversely, high seawater temperatures may limit the at- 
tainable vacuum. It is often difficult at the construction 
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fig. 9 Standard steam conditions in 
relation to pressure-tempera* 
ture service ratings for AN$f 
Standard flanges, vafvei, and 
fittings 


stage to assure that the vessel will remain on a specific 
trade route throughout its useful life; therefore, it is gen- 
erally considered desirable to design for a moderate vac- 
uum. In special cases where service is limited to areas of 
low seawater temperature, the increased cost and weight 
of turbines designed for higher than standard vacuum 
should he subjected to an economic evaluation. 

The specific volume of steam increases rapidly as the 
vacuum is improved. For example, an increase of from 
28 to 29 in. of mercury {referred to a 30-in. barometer) 
practically doubles the specific volume. To handle this 
increased volume efficiently at full load, it is necessary to 
increase proportionally the flow areas of the turbine 
stages at the exhaust end. A more detailed discussion of 
exhaust losses is given in Section 2.6. 

It is customary for high-speed, lightweight naval ves- 
sels to make some sacrifice in economy by accepting a 
higher exhaust pressure (generally 2.5 psia) at high power 
in order to reduce the weight and size of turbines and 
condensers. At cruising powers where economy is more 
important, the vacuum approaches merchant levels due 
to the reduced condenser loading. * 

Good vacuum is important for reasons other than econ- 
omy. When the astern element is developing power, the 
ahead blading is being driven backward in steam at essen- 
tially exhaust pressure. If the vacuum is poor, the wind- 
age losses of the ahead stages will cause more rapid heat- 
ing and may limit the allowable speed or period of astern 
operation. 


2,3 Non extract ion Steam Rate. When the rated full 
power, the initial steam conditions, and the exhaust vac- 
uum have been selected, it is possible to establish the 
steam rate that may be expected from well-designed 
equipment. Figure 10 indicates typical nonextraction 
steam rates for merchant type, geared-turbine units de- 
signed for optimum performance at full power with a 
proper balance between efficiency, size, weight, and cost. 
The reduction in steam rate with improved steam condi- 
tions is easily seen as well as the decrease in steam rate, 
which is possible with higher powered units. Methods for 
estimating steam rates at other conditions are given in 
reference 9 and Chapter 2. 

Merchant vessels generally operate at or near full 
power most of their service life; therefore, performance 
at partial loads tends to be less important A typical varia- 
tion in steam rate at fractional powers that is representa- 
tive of turbine designs, which incorporate no special fea- 
tures to enhance partial-power performance other than 
first-stage nozzle control, is shown by the curve marked 
“straight-through” in Fig. 11, When partial-power per- 
formance is important, as in the case of naval combatant 
vessels, several means may be employed to move the point 
of optimum steam rate to a partial power and to reduce 
the low-power steam rates. Possibilities include an excess 
in total wheel speed at full power, an interstage bypass, 
a series-parallel turbine, and a two-row/one-row control 
stage. Discussions of these arrangements are given in the 
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Fig. 1 1 Relative steam rates versus power fraction of various 
types of turbines 


following sections, and typical relative steam rates are 
shown in Fig. 11. 

2.4 Extraction of Steam. Steam may be extracted 
from the turbine for feed heating and for ship's services. 
The number of extraction points and the required pres- 
sure for each system are dependent upon the selected 


steam plant cycle as discussed in Chapter 2, Connections 
for this purpose are provided at turbine stages where the 
pressure is appropriate to the intended use. Often, it will 
be found that the number of stages and the corresponding 
stage pressures selected by the turbine designer to give 
optimum turbine performance will result in the desired 
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Fig. 12 Typical extraction stage pressure curve 

extraction pressure falling between two stages. In this 
case, it is usually best to select either the higher or lower 
stage pressure rather than disturb the turbine design. 

In general, stage pressures vary almost linearly with 
the apparent flow beyond the extraction point, and a curve 
such as Fig. 12 may be obtained from the turbine designer. 
In choosing the proper turbine stage for each extraction 
point, it is customary to select a stage having a full -power 
pressure somewhat higher than that required so that ex- 
traction may be possible in a reasonable operating range 
below full power. 

Extraction connections often are omitted for simplicity 
on naval turbines, because the broad power range in which 
extraction is desired would necessitate a complex valve 



Fig. 13 Expansion line — nonreheat cycle 


and piping arrangement to shift each system from one 
turbine stage to another as the power varies. 

The converse of extraction, called induction, wherein 
excess steam in the plant is introduced to the turbine, is 
generally discouraged. While this may improve the heat 
balance, it (1) tends to congest the last stages of the tur- 
bine, (2) may introduce large slugs of water from auxiliary 
systems and thereby cause blade damage, and {3) requires 
an automatic control valve to prevent induction when at 
standstill, operating astern, or in the event of turbine 
overspeed. 

2.5 Expansion Lino, The Mollier chart is a graphical 
representation of pressures, temperatures, superheat, 
and the heat content of steam. It is convenient to plot on 
this chart the “state point” of steam at any stage in the 
turbine; when this is done for all stages of the turbine, a 
line drawn through these points is called the “expansion 
line" or “state line,” 

The “expansion lines” for rated full power and for par- 
tial powers are usually obtained from the turbine de- 
signer. They are useful in defining the characteristics of 
steam throughout the turbine, particularly at extraction 
points and at the turbine exhaust. 
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In the event that an expansion curve is not available, 
an approximation of the full-power expansion curve may 
be made for preliminary purposes as indicated in Fig, 13. 
The initial point is established at the intersection of the 
initial pressure (Z^) and initial temperature ( T i). A state 
line “top point” is then plotted at initial enthalpy and 90% 
of the initial pressure. 

The “used energy” per pound of steam may be found 
from 


steam rate X external efficiency 

The external efficiency accounts for turbine bearing 
losses as well as mechanical losses in reduction gears, 
and for electric drive installations includes the motor and 
generator losses. If these external losses are not known, 
the following assumptions may be made: 

Type of Drive External Efficiency 

Gear drive, single reduction 0.97 

Gear drive, double reduction 0,96 

Electric drive 0,92 

The external efficiency at partial powers may be approxi- 
mated by varying the external loss (one minus external 
efficiency) at full power as the 1.7 power of the propeller 
speed. 


The enthalpy of steam exhausted to the main condenser 

= K - used energy (2) 

The exhaust loss is caused by the velocity energy in the 
steam leaving the last row of blades, which cannot be 
recovered as useful work, but instead is converted to heat 
by dissipation in eddies and friction. The exhaust loss also 
includes any pressure-drop losses between the last wheel 
exit and the exhaust flange. The magnitude of the overall 
loss depends upon the particular turbine design, steam 
flow, and exhaust vacuum. 

For a typical merchant propulsion turbine design, the 
total exhaust loss (EL) at full power with rated exhaust 
vacuum is about 12 Btu/lb and at partial powers varies 
approximately as the square of the ratio of steam flow to 
the absolute exhaust pressure. 

The enthalpy of steam at the “state line end point” is 

hi - K - el (3) 

A straight line joining the “top point” and the “state line 
end point” gives a reasonable approximation of the expan- 
sion curve. The nature of the deviation from an accurate 
curve is indicated by the dashed line in Fig. 13 and is 
caused by the inability to obtain an average stage effi- 
ciency in the first and last stages of the turbine. 

Figure 13 also indicates the trend of the condition curve 
at partial powers. Note that at very low powers, if the 
initial temperature remains constant, the exhaust may be 
superheated, 

2.6 Exhaust Lost, Among the factors that determine 
the efficiency and size of a turbine, the exhaust loss is 
one of the more important. Machines designed to operate 
economically at high vacuums are inherently large, but 
more efficient For this reason the designer must strike a 
balance between the required economy and the weight 
and size of the unit. In general, units designed to operate 
during a large portion of their life at higher powers should 
have ample exhaust areas, whereas units that generally 
operate at reduced power may be designed with smaller 
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exhausts, because the exhaust loss reduces rapidly as the 
load decreases. _ 

An understanding of the effects of high volumetric 
loading per unit of exhaust annulus area is useful. To 
illustrate, assume that the exhaust pressure of a typical 
turbine is reduced in a series of steps. Three conditions 
are encountered, as illustrated in Fig. 14. In condition I, 
as the back pressure decreases, the steam velocity (A>) at 
the throat of the last row increases until it equals the 
acoustic velocity corresponding to the steam conditions at 
this point. The steam jet leaves at the blade exit angle (y). 
With a further decrease in back pressure, represented 
by condition II, the throat pressure and velocity remain 
constant, but expansion now takes place beyond the throat 


causing an increase in the efflux velocity {D t ‘) and a de- 
flection of the jet to angle y + 5". Condition III is reached 
with a further decrease in back pressure, when the axial 
component of the efflux velocity reaches the acoustic ve- 
locity. Any further decrease in back pressure will result 
in expansion in the exhaust trunk or at the condenser 
inlet, but there will be no change in the conditions at the 
exhaust annulus; and, therefore, the steam rate will not 
be affected. This condition is sometimes referred to as 
“choking." 

Turbine test-stage annulus areas ordinarily are sized to 
handle from 6000 to 8000 lb/ hr of steam per square foot 
of annulus area at 1.5 in. Hg abs; for other back pressures, 
this range would vary inversely as the absolute pressure. 
The lower of these values represents machines that have 
a very low exhaust loss and are designed for normal oper- 
ation at full load. The higher value represents machines 
that, for economy in weight and size, are designed with 
relatively small exhaust hoods and are expected to operate 
at reduced load for the major portion of their life. 

2.7 Equivalent Nonextroetion Steam Rate of Reheat Cy- 
cle!. In the case of nonreheat marine power plants, tur- 
bine performance is specified in terms of the nonextrac- 
tion steam rate. This criterion adequately meets the 
requirements of plant designers and purchasing activities, 
furthermore, it is easily demonstrated on ship trials, and 
its variations are reflected correctly in that portion of the 
total fuel burned for main-propulsion purposes. When the 
reheat principle is used, nonextraction steam rate^ is no 
longer a proper criterion of turbine performance, since it 
does not recognize the addition of heat in the reheater. 
The steam rate varies with the reheat pressure that is 
selected, decreasing as the pressure is dropped; and even 
if, in addition to defined steam conditions and vacuum, a 
specific reheat pressure is associated with each steam 
rate, the result could not be used for a comparison of 
competitive turbine designs. This may be seen by consider- 
ation of the reheat turbine condition curve, Fig. 15. For 
example, two turbine designs could be developed such 
that each has the same initial and reheat steam conditions, 
the same condenser vacuum, and the same steam rate, 
but the corresponding plant efficiencies and fuel rates 
could differ. The turbine having a higher efficiency in 
the stages prior to the reheater and a lower efficiency 
following this point would require a greater amount of 
heat to be added in the reheater at the expense of in- 
creased fuel to the boiler. 

It becomes necessary, therefore, to use some form of 
heat rate as the criterion of reheat turbine performance, 
Heat rate may be defined in several ways, but a standard- 
ized method for marine units has been suggested [10]. In 
general, the turbine heat rate in Btu/shp-hr is expressed 
as 

Turbine heat rate 

Heat added to turbin e cycle by boiler (Btu/hr) ^ 
Power output (shp) 

The heat added is defined as 

QjiH T - h FU ) + Q Bhtr (H HB - H C r) ( 5 > 

where 

Q t = throttle flow, lb/ hr 


EXTRACTING TURBINE MEAT RATE - BTU/SHP HR 
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QEhtr — reheater flow, lb /hr 
H r = throttle enthalpy, Btu/lb 
h FW = final feedwater enthalpy, Btu/lb 
H hr — enthalpy leaving reheater, Btu/lb 
H cr enthalpy entering reheater, Btu/lb 

The turbine heat rate may be defined on a nonextraction 
basis, which is relatively simple in that other components 
of the cycle are not involved. The demonstration of the 
nonextraction heat rate requires a special test with the 
bleeders closed. Alternatively, an extracting turbine heat 
rate may be defined in a manner similar to land practice 


wherein the feed heating arrangement must be com- 
pletely specified [10]. This type of heat rate can be demon- 
strated during shipboard trials in the course of regular 
economy runs but requires additional measurements, 
more complex calculations, and more involved corrective 
procedures. Typical extracting turbine heat rates are 
given in Fig, 16 for a five-feed-heater cycle. 

2.8 Torquft and Spaed Ch oracle ristics. The inherent 
ability of steam turbines to maneuver rapidly is due to 
their speed-torque characteristics. Curves of turbine out- 
put torque for typical ahead and astern turbines are plot- 
ted against speed in Fig. 17 at rated ahead steam flow. 
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The curves for the astern turbine show that the torque 
available to decelerate the unit while it is still rotating in 
the ahead direction increases as the ahead speed from 


which the maneuver starts is increased. A similar relation- 
ship for the ahead turbine torque assists in decelerating 
the unit from astern rotation. 


Section 3 

Turbine Stage Design 


3.1 Impulse and Reaction Stage*. There are two fun- 
damental types of turbine stages; impulse and reaction. 
The basic difference between the two types is the distribu- 
tion of stage pressure drop between the stationary and 
rotating blades. In an impulse design, most of the stage 
pressure drop is taken across the stationary nozzles, while 
in reaction design, the stage pressure drop is more equally 
divided between stationary and rotating blades. Typical 
reaction turbines employ 50% reaction blading, in which 
the stage pressure drop is equally divided between the 
stationary and rotating blades. The higher pressure drop 
across reaction turbine rotor blades produces more axial 
thrust, and a balance piston on the rotor is often required 
to reduce the thrust to manageable levels (except in dou- 
ble-flow turbines, such as shown in Fig. 3, which are inher- 
ently balanced). 

In pure impulse turbines, the flow is accelerated only 
in the nozzle, and high velocities are achieved at the nozzle 
exit. The kinetic energy in the steam exiting the nozzle is 
converted to shaft work entirely through the action of 
turning the flow in the rotating bucket, resulting in a 
change in angular momentum. In reaction designs, the 
flow is accelerated in both stationary and rotating blade 
passages, and in general velocities are somewhat lower 
than in a pure impulse design. The change in angular 
momentum that produces the work output is achieved by 
both turning and accelerating the flow within the bucket 
passage. Marine propulsion turbines operate through a 
wide speed range, and the consequent effects on turbine 
efficiency must be considered. 

In Fig. 18, typical stage efficiency curves are shown for 
impulse and reaction stages. These data are plotted as a 
function of stage velocity ratio. The velocity ratio is de- 
fined as the ratio of the pitch-line bucket wheel speed, u , 
to the average nozzle spouting velocity. For an impulse 
stage, the peak efficiency occurs at a velocity ratio of 0.5, 
while for a reaction stage, the peak efficiency occurs at a 
velocity ratio of 0.707. Due to theoretical considerations, 
a 50% reaction stage with the same pitch diameter as an 
impulse stage must be run at a speed the square root of 
two (1.414) times as fast to produce the same output, and 
the peak efficiency occurs at the higher velocity ratio. A 
50% reaction stage with the same pitch diameter as>an 
impulse stage and running at the same speed will only 
produce half as much output as the impulse stage, so 
twice as many reaction stages are needed to generate the 
same total output. There are pronounced differences in 
the number of stages and the constructional features of 
impulse and reaction turbines, as may be noted from Figs. 
1, 2, 3, and 19. 


In practice, reaction turbines (Figs. 3 and 19) are de- 
signed to nave the additional wheel speed necessary to 
produce the same output through a combination of more 
stages and larger diameters. Reaction machines typically 
have 75 to 85% more stages at 4 to 7% larger diameters. 
Because so many more stages are required, reaction tur- 
bines are constructed so that the rotating blades are 
mounted ton a drum-type rotor to avoid excessive shaft 
lengths ^nd diameters, and the stationary blades are 
mounted 'on the easing. On the other hand, the rotor blades 
in impulse stages (Figs. 1 and 2) are mounted on wheels 
on the rotor and the stationary blades are held in dia~ 
phragms. This wheel-and-diaphragm construction is gen- 
erally more reliable because it is more rugged and has 
decreased sensitivity to rubs and to the presence of for- 
eign material in the turbine. The compartmentalized de- 
sign tends to isolate foreign material and damage to a 
small area of the turbine since there is room for the mate- 
rial to centrifuge out of the steam path. The usually lower 
rotor critical speed of a wheel-and-diaphragm construc- 
tion results in a rotor less sensitive to rubs. Historically, 
failures in reaction turbines have tended to be more se- 
vere. The apparent size disadvantage of reaction turbines 
is partially offset by the fact that individual drum-type 
reaction stages do not require as much axial space as do 
wheel-and-diaphragm impulse stages. 

Since friction losses in the blade passages are a function 
of velocity, these losses are theoretically smaller in reac- 
tion stages. This efficiency difference is evident in the 
curves shown at the top of Fig. 18. The peak efficiency 
for reaction stages is slightly higher than the peak effi- 
ciency for impulse stages. This is particularly true in high- 
volume- flow stages. However, these curves consider only 
basic nozzle and bucket efficiencies, and do not include 
leakage effects. With a drum-type construction, leakage 
areas are larger, and the larger pressure drops across the 
bucket tips increase the Up leakage flow. When leakage 
effects are taken into account, reaction turbines have no 
efficiency advantage over impulse turbines. For high-vol- 
um e-flow low-pressure stages, both impulse and reaction 
turbine manufacturers use very similar staging, with low 
reaction at the bucket root and high reaction at the bucket 
tip. All things considered, both types of turbines can be 
designed with equally high levels of efficiency. Impulse 
turbines, however, generally have higher sustained effi- 
ciencies over their lifetimes due to their more rugged 
construction and reduced sensitivity to rubs. 

3.2 Number of Stages. With the high initial pressure 
and low exhaust pressure used in marine power plants, 
large heat drops are available to the turbine. If a single 
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Fig. 18 Velocity ratio ver*u* blade efficiency 


stage were used, the theoretical steam velocity would be 
extremely high for good efficiency. Blade speed is limited 
by mechanical difficulties; if blade speeds are too high, 
practical limitations are reached. Thus, with a single-stage 
turbine the velocity ratio would be low and the efficiency 
would be poor. To avoid low speed ratios, it is common 
practice to split the total heat drop among a number of 
stages placed in series. 

An important design consideration is the total or cumu- 
lative blade speed of a number of stages required to give 
an average overall velocity ratio that will provide a satis- 
factory efficiency. The total blade speed needed in a tur- 
bine may be obtained either by having large-diameter 
wheels operating at low rotational speeds or by using 
small wheels that operate at high rotational speeds. The 
latter approach can be taken to reduce weight, size, and 
cost. The use of double-reduction gears allows a vide 
freedom of choice in selecting turbine speed. A higher 
turbine speed increases the overall gear ratio and the size 
of the gears, but this is usually not a determining factor; 
instead, stress considerations in the turbine tend to limit 
the rotational speed. If permitted by stress considera- 
tions, increasing the rpm is usually the most effective 
way to obtain an increased wheel speed with a minimum 
increase in weight 

3.3 Velocity-Compounded Stages. An inspection of 
the velocity diagram for a single-row impulse stage indi- 
cates that the steam tearing the stage retains consider- 
able absolute velocity. If the arrangement is such that 
this velocity is carried over into the nozzles of the next 
stage, it can be utilized effectively; otherwise, it results 


in a loss. If a stationary row of blades is placed after the 
first moving row, the steam flow may be redirected and 
passed through a second row of moving blades. Such a 
two-row impulse stage (sometimes called a Curtis stage) 
has a lower peak efficiency, as may be noted from Fig. 
18. 

Frequently, a two-row impulse wheel is used for the 
first or “control” stage. Theoretically it has the energy- 
absorbing capacity of three single-row wheels and re- 
quires less space. In addition, it is useful for control be- 
cause it permits the use of a lower first-stage exhaust 
pressure and temperature, which reduces leakage and 
rotation losses. Because of this reduction in losses, there 
is very little difference in the overall stage efficiency of 
a Curtis control stage and the equivalent Rateau stages 
(single-row stages) at the design point for units under 
30,000 shp. The overall efficiency of a Curtis control stage 
at part load exceeds that of an equivalent Rateau stage. 

In some astern turbines, three-row velocity-com- 
pounded wheels are used. For this type, the maximum 
efficiency is reached theoretically when the velocity ratio 
equals approximately 0.16, as may be seen from Fig. 18. 
The peak efficiency is less than that for a two-row wheel, 
but it has the energy-absorbing capacity of nine single- 
row wheels. Experience indicates that two- and three-row 
wheels reach their peak efficiencies when the velocity 
ratios are somewhat higher than the theoretical values. 

3p 4 Stage Efficiency Feature*. Once the velocity ratios 
are optimized in the individual stages, the thermodynamic 
efficiency of the turbine is to a great extent determined 
by the design of the steam path parts, which include the 
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Pig. 19 Typical nonr&hcat high-pressure turbine — ‘impulse- reaction type 
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nozzle and bucket shapes and steam leakage control de- 
vices. Nozzle and bucket aerodynamic profile losses and 
leakage losses account for the majority of the total stage 
loss. Hence, to ensure high-efficiency turbine designs, it 
is necessary to use the most efficient nozzle and bucket 
profiles available, and to minimize leakage flows without 
compromising turbine reliability. 

Analytical techniques have been developed to optimize 
nozzle and bucket vane profiles. Figure 20 shows a com- 
parison between a traditional “two-radius” bucket vane 
shape and a more effective multi-radius vane section. The 
shapes of the cross sections of turbine blades are partially 
influenced by the required inlet and outlet angles deter- 
mined from velocity diagrams as described in Chapter 2, 
The improved steam guidance and reduced boundary- 
layer flow separation in the multi-radius design can typi- 
cally result in a 1% gain in stage efficiency. The twisted 
and tapered airfoils that are applied to the longer, latter 
stages are also optimized to have a radial pressure distri- 
bution that offsets the centrifugal force on the steam flow 
through the bucket passage. This eliminates losses due to 
the radial flow of steam in the bucket passage, which also 
contributes to turbine blade inefficiencies. 

Concurrent with the development of improved bucket 
blade airfoils , improved nozzle shapes were also devel- 
oped. The differences in contour between a typical stan- 
dard and an improved section are shown in Fig. 21. The 
improved section has an extended and contoured thin edge 
for increased steam guidance and reduced turbulence in 
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the vicinity of the nozzle wake. Improvements in this area 
have also resulted in stage efficiency gains, which typi- 
cal ly are in the 1% range. 

Steam leakage through the seals between stationary 
and rotating components of the turbine constitutes an 
efficiency loss because the leakage flow does not contrib- 
ute to the work output of the stage {see Fig, 22). Several 
measures can be taken to minimize this leakage. Double 
radial spillband tip leakage control, as shown in Fig. 22, 
has been used in some applications. This feature, coupled 
with more effective bucket root leakage control, has re- 
sulted in stage efficiency gains from 1% to 3%, depending 
on the application. 


Section 4 
Turbine Control 


4.1 Power and Speed, Means must be provided to 
vary the flow of steam through the turbine so that its 
power output and speed can be controlled. Steam flow 
may be varied by: 

(&) A separate throttle valve 

(b) A separate throttle valve plus hand control valves 

( c ) Integral bar-lift valves and cam-lift valves 


(d) Bypass valves 

(e) Variable boiler pressure 

a. Throttle valve control. The most simple method 
of regulating steam flow is by a separate throttle valve 
in the steam supply to the turbine, as illustrated by Fig. 
23, If properly sized, the valve will have little pressure 
drop when wide open; therefore, at maximum power, prac- 
tically full boiler pressure will exist at the inlet to the 
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first-stage nozzles. As the valve is closed to reduce the 
rate of steam flow, its pressure drop increases; conse- 
quently, a throttling or constant enthalpy process occurs 
at the valve and causes a thermodynamic loss since there 
is a decrease in the available energy per pound of steam. 
Figure 24 illustrates the reduction in available energy as 
a result of throttling. 

Because of throttling losses at lower powers, as illus- 
trated by curve AA of Fig. 25, throttle valve control alone 
is not satisfactory for ahead turbines, but it is generally 
used for astern turbines where a high efficiency at part 
load is not important. 



b. Throttle valve plus hand -control valves. Throt- 
tling losses at reduced powers can be minimized if the 
first stage is of the impulse type and its total nozzle area 
is divided into arcs as illustrated by Fig. 26. One nozzle 
group normally has about one half of the total nozzle area 
and is controlled only by the throttle valve, while each of 
the remaining groups is controlled by the throttle valve 
and a hand-control valve. Thus, if the throttle is wide open, 
the nozzle area and, therefore, the steam flow may be 
varied in a series of steps by opening each hand-control 



THROTTLE FLOW, P Eft CENT 

Fig. 25 Typical efficiency curves far various types of control 
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valve in proper sequence. When the throttle valve and all 
hand-control valves in service at a particular point are 
wide open, throttling losses will be at a minimum. The 
smooth curve AC in Fig. 25 would result if it were possible 
to have an infinite number of hand-control valves. 

With the limited number of valves that it is practical to 
use, there are power levels that cannot be obtained by 
having combinations of valves wide open or shut. Two 
modes of operation are possible for these intermediate 
powers. One procedure is to fully open as many control 
valves as can be utilized and then partially open one addi- 
tional control valve to get the exact power desired. The 
throttling loss of the partially opened valve produces the 
scalloped effect (or valve loops, as they are commonly 
called) in the curve AC of Fig. 25. Alternatively, the next 
largest hand-control valve combination may be opened 
wide and the power reduced to the desired value by closing 
the throttle valve as necessary. Although this results in 
a slightly greater throttling loss over a portion of the 
power range and produces the sawtooth effect shown in 
Fig, 25, it is sometimes preferred since all speed adjust- 
ments are made at the throttle valve. With this method 
the nozzle area is known; therefore, the observed chest 
pressure can be used to compute the steam flow and esti- 
mate the power output of the turbine. 

The number of hand-control valves that should be pro- 
vided depends upon the importance of efficient operation 
at lower powers. Three hand-control valves have been 
provided in many merchant marine applications; however, 
where the turbine operates at full power most of the time, 
two hand-control valves have proven satisfactory. Besides 
being simpler, a smaller number of hand-control valves 
reduces the energy input to blade vibration from partial- 
arc loading. 

The ahead and astern throttles, governor valve, and 
steam strainer may be grouped in a manifold arrangement 
and mounted on a convenient bulkhead adjacent to the 
main engine control point. This permits a preferred ar- 
rangement in that the design of the various components 



can be coordinated, flanges eliminated, piping design sim- 
plified, and the controls concentrated. 

c* Bar- and cam -lift control valves. The require- 
ment for the proper selection and manual operation of 
individual hand-control valves can be eliminated by the 
use of bar- or cam-lift control valves. Bar- and cam-lift 
control valves, as illustrated by Figs. 27 and 28, commonly 
are provided for naval turbines, and this type of control 
is widely preferred for merchant turbines since it adapts 
readily to remote operation. 

The individual nozzle control valve stems in a bar-lift 
arrangement pass through openings in the bar and have 
different lengths such that when the bar is lifted by two 
rods, which pass through seals to overhead valve gear, 
the nozzle valves are lifted in a predetermined sequence. 
The total nozzle area of the first stage is controlled in this 
way, and there is no uncontrollable nozzle area. The bar- 
lift control valves thus serve to regulate the steam flow 
throughout the entire power range, and a separate throt- 
tle valve preceding the turbine is not required. 

The valve opening sequence is determined by the gaps 
between the top of the bar and the valve stem backseats. 
These backseats are either integral or adjustable and 
many designs have a spherical contact to increase valve 
stability. Valve contact areas are generally hardened to 
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BAR LIFT 

Fig. 29 Bor-lift control — flow versos lift 



minimize wear and steam erosion, often by using a stellite 
inlay or by nitriding. Valves are timed to open so as to 
secure a relatively smooth and linear relationship between 
steam flow and bar lift as illustrated by Fig. 29. When 
fine control is required at very low speeds, a small pilot 
valve, which opens first, may be built into the initial nozzle 
valve; a valve of this type is shown in Fig. 30. This valve 
is sometimes called a "double-lift” valve. This arrange- 
ment is also used to reduce the force required to unseat 
the valve and to limit the size of the hydraulic operator. 

Cam-lift valves can also be used to provide a sequenced 
lifting of the valves. In cam-lift machines the cams are 
attached to a torque tube, as shown by Fig. 28. Lift levers 
for each individual valve have rollers on one end that ride 
on individual cams. Torque from the hydraulic operating 
cylinder (not shown) rotates the torque tube and attached 
cams. As the rotation progresses, the valves open in a 
prescribed sequence. 

Cam-lift valves are used most extensively in higher-flow 
and higher-pressure applications to produce the larger lift 
forces required for higher pressures and to reduce the 
potential for valve vibration at high flows. 

Both bar- and camdift valves may be operated manually 
from the engine room control station using mechanical 
operating gear or by an electro-hydraulic servomotor, 
when remote control from the bridge is desired. 

d. Bypass valves. When the full chest pressure is 
applied to all first-stage nozzles, the steam flow is limited 
by the total nozzle area and the pressure drop across the 
nozzles. In order to further increase the steam flow, 



4 

valves may be installed, which allow most of the steam to 
bypass the first stage and enter a later stage where the 
nozzle area is large enough to pass the desired flow. 

Bypass valves, such as in Fig, 31, may be added when 
efficient operation is required throughout a greater range 
of power. Bypass provisions generally move the point of 
optimunf efficiency to a lower power, as shown in Fig. 25. 
On som^ turbines, several bypasses may be used to fur- 
ther extend the economical range. The use of bypass 
valves is common for naval turbines, and they are some- 
times provided for merchant units where significant over- 
load capability is required, but is seldom used. 

The use of bypass provisions is compatible with velocity 
ratio considerations since the bypassed stage is designed 
to operate with an approximately optimum velocity ratio 
just before the bypass valve is opened. If, for example, 
instead of bypassing a first stage, additional flow were 
introduced by increasing the first-stage nozzle area, the 
second-stage inlet pressure would increase proportion- 
ately; therefore, the pressure drop, heat drop, and steam 
velocity of the first-stage nozzles would be reduced at the 
same time that the blade speed was being increased. The 
consequent increase in velocity ratio would result in a 
decrease in efficiency, as may be observed from Fig. 18. 

When stages are bypassed, arrangements must be 
made to provide sufficient steam flow through the idle 
bypassed stages to keep them from overheating. This may 
be accomplished by limiting the size of the bypass valve, 
thus maintaining a pressure drop across the bypassed 
stages and causing flow through them. 

e. Variable boiler pressure. Consideration has been 
given to the control of power output by varying the boiler 
pressure in proportion to the load requirements. This 
method has not been used because the response of the 
system is too slow, it is less efficient at low loads, and the 
resulting complications in subsystem controls and op- 
erating procedures do not justify its use. 

4.2 Overspeed and Low Oil Pressure Protection* 
Overspeed protection is desirable for every turbine that 
can reach a dangerous speed upon a loss of load. In the 
case of geared propulsion turbines, this can occur if a 
propeller is lost or a shaft is broken, and periodic racing 
can occur in heavy weather when the propeller intermit- 
tently emerges from the water due to the ship pitching. 
A speed-limiting governor is best suited for this purpose 
since it will prevent an excessive speed while still allowing 
continuous operation at the maximum governor setting 
(usually 10 to 15% above the maximum continuous rating). 
Trip devices, which shut off steam flow completely, are 
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Fig. 32 Control and protection lysletn 


not satisfactory for the primary protection of propulsion 
machinery. Speed limiters are designed such that if there 
is a catastrophic failure in the turbine coupling, the tur- 
bine will not overspeed to destruction. Overspeed protec- 
tion is an essential requirement when an electric drive 
is used, since there is the additional possibility that the 
generator may lose its electrical load. 

A typical overspeed protection system is shown in Fig. 
32. In this example, the speed sensors are small positive- 
displacement pumps each driven by its corresponding tur- 
bine rotor and supplied from the main lubricating-oil sys- 
tem. The pump discharge pressures at any given speed 
may be varied by adjustment of the variable orifices. The 
discharge pressures operate a pilot valve by acting 
against a spring-loaded piston. The pilot valve in turn 
directs power oil to the proper side of a hydraulic servomo- 
tor piston, which opens or closes the throttle as required. 
The governor may be checked and adjusted in service by 
closing the test valve until the throttle begins to close and 
noting the corresponding discharge pressure. The test 
valve is then opened; and the speed and corresponding 
pressure at various points within the operating speed 
range are noted. The variable orifices are adjusted until 
a plot of speed versus pressure indicates by extrapolation 
that the throttle will close at the limiting speed. 


Alternatively, a centrifugal pump may be used, in which 
case the discharge pressure acts against a piston and 
an adjustable spring. The overspeed setting is generally 
made during the turbine spin test. A centrifugal pump 
tends to act as a centrifuge, and the small air bubbles 
present in the lubricating oil tend to collect at the center 
of the impeller. Unless this air is vented , the pressure- 
speed relationship will be affected. 

It has generally not been considered necessary to pro- 
vide overspeed protection while operating astern; how- 
ever, when the astern throttle is power operated for re- 
mote-control purposes, it is a relatively simple matter to 
include astern overspeed protection. 

A continuous supply of lubricating oil is essential for 
the safe operation of a turbine installation. Without an 
adequate supply of lubricating oil, turbine bearings may 
fail in a matter of minutes. If the lubricating-oil system 
pressure drops below a safe value, a spring-loaded piston 
will actuate the pilot valve distributing oil to the servomo- 
tor, and the ahead throttle valve will close. Oil failure may 
occur with the vessel operating at a high ahead speed, 
and it is important that astern steam be available to stop 
rotation of the shaft until the vessel is dead in the water. 
If this is not done, the coasting period of most large ves- 
sels is so long that the supply of emergency lubricating 
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oil will be used up as the propeller is dragged through the 
water, and the resulting rotation may damage the gear 
and turbine bearings. 

4.3 Governors- A governor generally is provided for 
the control of a turbine-electric propulsion unit The gov- 
ernor is adjustable so that it will operate through a wide 
range of speed and is designed so that it will hold approxi- 
mately constant turbine rpm irrespective of the load re- 
quirements at the selected speed setting. In principle, 
such a governor is similar to the speed controls of turbine- 
generator sets, but it has a much greater range of speed 
adjustment. Governors seldom are furnished for geared 
propulsion turbine installations, except for overspeed-Iim- 
iting protection. 

4.4 Volvo Design. Three types of valves are com- 
monly used to control the steam flow to a turbine. The 
single-seated valve shown in Fig. 33(a) is simple, but it 
requires a large lifting force because of the unbalanced 
pressure across the valve when in the closed position. 

To reduce the force required to open the valve, single- 
seated, balanced valves having an internal pilot valve are 
used. Figure 33(6) shows this design in diagrammatic 
form. When the pilot valve B is closed, the pressure in the 
dotted area equals the inlet pressure, and the pilot and 
main valves are held tightly down upon their seats. When 
the valve stem is lifted, the pilot valve opens first, and the 
pressure within the dotted area drops. It is necessary to 
control the pressure in the balance chamber by limiting 
the lift of the pilot valve so that a sufficient steam force 
is exerted downward on the disk to prevent chattering, 
which can be caused by instability of the steam flow as 
the main valve starts to open. This type of valve is widely 
used with marine turbines. 

It is possible to substitute an external hand-operated 
bypass valve for the internal pilot, as shown in Fig, 33(e). 
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Fig. 33 Various typ«t of valves 


Although it can be more nearly balanced because the main 
valve disk is fixed to the valve stem, and therefore is not 
susceptible to chattering, a hand-operated bypass re- 
quires a separate control, and it is possible that the opera- 
tor may forget to close it. 

The double-seated balanced valve can be used to mini- 
mize the force required to open the valve, but it is seldom 
used with high-temperature, high-pressure marine tur- 
bines at locations where both seats must he tight under 
all conditions of operation. A valve of this design is shown 
in diagrammatic form in Fig. 33(d). 


Section 5 
Rotors and Blades 


5.1 Blade Design. The length of each row of turbine 
blades is governed by the volume flow, the mean diameter 
of the flow path, the velocity of the steam, and the active 
are through which flow takes place. Blade lengths gener- 
ally increase from the high-pressure to the low-pressure 
end of the turbine, and the length of the last-stage blades 
is determined by the selected level of exhaust leaving loss. 
Since each blade extends radially from the wheel, the 
blade pitch is greater at the tip than at the root. To keep 
this disparity from causing too great a loss in efficiency, 
the length of blades having a uniform cross section 
throughout their length is generally limited to eases 
where the ratio of blade-tip radius to blade root radius is 
less than 1.2. This is called the blade-radius ratio, and for 
greater radius ratios the blades are designed to be tapered 
and twisted, having angles that vary from the root to the 
tip as necessary to suit the velocity of steam relative to 


the blade at each point along the length. A tapered blade 
has reduced cross sections from the root to the tip, which 
decrease the centrifugal stress at the root and permit a 
longer blade for the same limiting stress. The lengths of 
tapered and twisted blades have been as tall as 33% of the 
mean diameter of the flow path. 

The shapes of the cross sections of turbine blades are 
partially influenced by the required inlet and outlet angles 
determined from velocity diagrams. In addition, as de- 
scribed in Section 3.4, the blading is also optimized to 
minimize losses due to flow separation and radial flow in 
the blade passage. 

The final optimization of a turbine blade is a combina- 
tion of mechanical as well as thermodynamic considera- 
tions. 

The mechanical integrity of blading is evaluated by con- 
sidering the steady stress due to steam and centrifugal 
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force loadings and the alternating stresses due to stimuli 
in the steam path. Steady bending stresses on the turbine 
blades are caused by axial and tangential forces exerted 
by the steam. These forces are normally highest at full 
power except in partial-arc control stages, where the high- 
est blade loadings are experienced at reduced power with 
small partial arcs and high pressure drops. When the cen- 
ters of gravity of the vane sections at various radii do not 
fall on a radial line, bending stresses in the vane will also 
be introduced by centrifugal forces. 

The centrifugal force due to the mass of the blade and 
its rotation causes a tensile stress in the blade that is 
particularly significant at the blade root and dovetail. This 
stress varies with the blade length, the wheel diameter, 
and the square of the blade speed. Centrifugal stresses 
are relatively steady in nature and do not cause vibration 
or fatigue failures. They are generally limited to one half 
of the yield strength of the material, 

5.2 Blade Vibration. Steam forces acting on a blade 
may vary widely throughout a revolution, as in the case 
of partial admission, or to a much lesser extent as the 
blade passes through the disturbed flow in the wake of 
each nozzle partition. Irregularities in the flow path also 
may be caused by obstructions such as struts and by the 
extraction of large steam quantities from only a portion 
of the circumference of the flow path. Periodic variation 
in steam forces may cause potentially damaging vibration 
of the blades, or blades and disk, if resonance occurs. 

In the case of partial admission, the steam force on each 
blade rises from zero to a maximum as it enters the active 
steam arc, and drops to zero upon leaving. This very sud- 
den application and removal of force causes the blade to 
vibrate at its natural frequency, and if these changes in 
force are in phase with the motion of the blade, energy 
will be added to the vibrating system [11]. 

The major type of vibration stimulus for shorter blades 
arises from the disturbance m the flow path following 
stationary blades or nozzles [ 1 2—15]. The periodic varia- 
tion in steam force imposed upon each blade has a funda- 
mental frequency equal to the number of nozzles, which 
any blade passes per unit of time; this is generally called 
the “nozzle-passing frequency.” If the no2zIe-passing fre- 
quency stimulus is coincident with a turbine blade natural 
frequency, resonance will occur. In some cases, even the 
second and third harmonics of the nozzle-passing stimulus 
are considered. 

Individual blades have many natural frequencies. Vi- 
bration may be of either the axial, tangential, or torsional 
type; typical modes of vibration for banded groups of 
blades are shown in Fig. 34. When the effects of shrouds 
or tie wires are considered and the blades are treated in 
groups, a large number of vibrational modes must be 
evaluated, and the evaluation of blade strength and reli- 
ability becomes complex. In addition, coupling of blade 
and wheel axial vibration sometimes may occur, such that 
the blades and wheel vibrate as a system. 

bince blade heights increase from stage to stage and 
natural frequencies decrease with height, and because 
sach blade has a large number of natural frequencies, it 
follows that at any given speed, one or more stages will 
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run with a natural frequency close to the nozzle-passing 
frequency. This is particularly true of marine turbines, 
which must be capable of continuous operation at any 
speed up to the maximum speed. Marine turbine manufac- 
turers have developed analytical tools to predict the vibra- 
tory stress for all potential resonances for comparison to 
the fatigue strength of the bucket material This is a 
practical necessity because it is impossible to avoid all 
resonances. 

A graphical representation often called a "Campbell 
diagram" is useful to display the vibrational situation for 
a specific stage. A typical Campbell diagram for relatively 
short blades is shown in Fig, 35. In general, it is desirable 
to avoid resonance with the nozzle-passing frequency for 
the higher responding modes of vibration. The vibrational 
stress levels must be analyzed carefully for all potential 
resonances to ascertain that the design is satisfactory. 
Problem vibration modes can be avoided by modifying the 
number of nozzles in a stage to change the nozzle-passing 
frequency. In the example of Fig. 35, there was a reso- 
nance with the second type tangential mode of vibration. 
By changing the nozzle pitch, this resonance could be 
avoided as shown in Fig. 36. 

Exhaust-end buckets in a condensing turbine are typi- 
cally four to six times longer than the buckets in the high- 
pressure end of the machine. These longer blades have 
natural frequencies, which are much lower than the high- 
pressure stages. A typical Campbell diagram for a long, 
last-stage blade with 82 nozzles is shown in Fig, 37. Since 
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Fig. 36 Campbell diagram with second type tangential resonance of short 
buckets moved out of operating range 
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Fig. 38 Campbell diagram for law per-rev stimulus on long blades 


these longer blades have lower resonant frequencies, the 
coincidence with nozzle-passing frequency does not dccur 
within the operating speed range. As shown in Fig. 38, 
for this example, the bucket frequencies are most closely 
resonant with four through eight multiples of rotor speed, 
which are commonly referred to as 4/rev to 8/rev reso- 
nances. 

As pointed out above, with variable-speed marine tur- 
bines, for either long or short blades it is impossible to 
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Fig. 39 Example of a 2/rev nozzle stimulus 

avoid all resonances. At a resonant condition, the ampli- 
tude of viltration is related primarily to the magnitude of 
the stimulus, the damping present in the system, and the 
resonant response factor or phase relationship between 
the excitation force or stimulus and the mode of vibration. 
The response is directly proportional to the stimulus and 
resonant response factor while it is inversely proportional 
to the damping. The primary source of damping is friction 
at the banded tip connections and blade dovetail. The 
proper grouping of buckets minimizes the resonance re- 
sponse factor. 

For long blades, the low per-rev stimulus can he due to 
a variety of causes such as; 

• Struts in the exhaust casing 

• Nonuniform upstream flow due to extractions 

• Discontinuities at the horizontal joint 

• Coupling excitation at the shaft end 

• Rotor torsional resonances 

• Upstream partial-arc stages 

• Stationary nozzle blades 

• Nonuniform exhaust flow 

While most of these sources can be minimized in the de- 
sign phase, the stimulus from the stationary nozzle blades 
is the major source of low per-rev stimulus and must be 
considered during the manufacturing cycle of the dia- 
phragms. The basic simplified flow diagram shown in Fig. 
39 can be used to illustrate the phenomenon. If the exag- 
gerated circumferential nozzle spacing variation is as 
shown, the bucket will be subjected to two force pulsa- 
tions per revolution and thus a 2/ rev stimulus. This is 
analogous to the nozzle-passing frequency where the 2/ 
rev is equivalent to two nozzles per 360 deg. In an actual 
application, small, more random variations in nozzle blade 
positions must also be considered. While these variances 
are small and within tolerances, the pattern of the varia- 
tions is important and can cause a low-frequency har- 
monic stimulus. These variations result in flow, flow 
angle, and bucket reaction variations around the stage, 
thereby causing potential tangential and axial force varia- 
tions that must be controlled. Turbine manufacturers per- 
form a harmonic analysis of their production diaphragms 
to insure that they do not have high low-per-rev stimuli 
at potential resonances. A simple example is shown in Fig. 
40. In this case, the nozzle spacing is such that the force 
is different between the upper and lower halves of the 
nozzle blade assembly. A harmonic analysis of the force 
wave shows the relative magnitude of the harmonics. If 
one of these harmonics is coincident with a turbine blade 
natural frequency, resonance will occur. Actual nozzle 
dimensions vary in a much more complex fashion, but the 
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Fig, 40 Example of harmonic stimuli 


stimulus force of low-order harmonics does cause bucket 
excitation. 

5.3 Blade Material The ideal blading material has: 
(1) a high yield strength at all operating temperatures, (2) 
good ductility, (3) high fatigue strength, (4) good resist- 
ance to corrosion, (5) resistance to erosion due to wet 
steam, (6) machmeability, and (7) high internal damping 
capacity to absorb vibrational energy, The several types 
of corrosion-resisting steels, having approximately 12 to 
13% chromium content, which are in common use for tur- 
bine blading, satisfy most of these requirements. Molyb- 
denum is added to achieve higher creep strength at ele- 
vated temperatures. The corrosion resistance of steels 
having 12 to 18% chromium is good in normal clean steam; 
however, steels of this type are susceptible to attack by 
chlorides carried over from the boiler and deposited on 
the blading. These deposits are hygroscopic, and if tur- 
bines are laid up or stored with chloride deposits, concen- 
trated pitting action may cause severe damage. Further- 
more, a high concentration of chlorides in the steam can 
cause stress corrosion cracking, particularly in the highly 
stressed dovetail region on stages where the steam is at 
the transition zone between wet and dry. This can cause 
catastrophic turbine blade failures and is characterized 
by evidence of intergranular cracking. Periodic inspection 
of turbines for corrosion, erosion, solid particle erosion, 
and fatigue is critical [16-18], 

Other, more advanced materials have also been used. 
These include Jetheat M152 and titanium. M152 offers the 
advantage of higher strength and resulting greater speed 
capability. Titanium (6A1/ 4V) has also been used in steam 
turbine applications to gain an even higher speed capabil- 
ity. While titanium cannot be used in applications above 
600 F, due to susceptibility to hydrogen embrittlement, it 
is an excellent material for lower-temperature applica- 
tions. Titanium is immune to chlorides and is, therefore, 
an option when pitting or stress corrosion cracking is a 
concern. It also offers the advantage of higher fatigue 
strength, particularly in wet stages where its fatigue 
strength does not degrade in a moisture environment— 
unlike 12% chrome steels, which typically degrade by 33%. 
The primary disadvantages of titanium are its cost, ma- 
chinability, and higher notch sensitivity. 

5.4 Blade Erosion. After passing the intersection of 
the state line and the saturation line, steam expanding in 
a turbine transforms into moisture, as shown by a Mollier 


chart. Some of the finely divided moisture particles strike 
the metallic surfaces and collect to form small drops that 
are subsequently swept along with the steam flow. Water 
traveling in the form of drops moves at only a small frac- 
tion of the steam velocity. If separate velocity diagrams 
are drawn for the steam and water, it is seen that while 
steam encounters a moving blade with little or no impact 
under normal conditions, water drops tend to hit the back 
of the blade perpendicular to the surface and with a speed 
only slightly less than blade velocity* The leading edge, 
particularly at the tip where the blade speed is highest is 
subject to a barrage of water droplets striking the surface 
at a high velocity. When a water droplet hits the entrance 
to a microscopic intergranular crack in the blade material, 
it tends to penetrate the crack* The resulting stress in the 
metal is magnified at the sharp end of the crack, and the 
crack, therefore, propagates inward until several cracks 
meet, with the result that a small particle of metal breaks 
away. Repeated again and again, this leads to erosion, 
pitting, and deterioration of the blade tip. 

Blade erosion is accelerated by a high blade-tip speed, 
high moisture content of the steam, or soft blade material. 
Other parameters also affecting blade erosion include 
stage reaction, clearance between the nozzle trailing edge 
and bucket leading edge, and the geometry of the steam 
path at the outer diameter* Since moisture is thrown from 
the moving blades toward the casing by centrifugal force, 
annular pockets or grooves are usually machined in the 
diaphragms where there is significant steam moisture and 
are arranged to collect and discharge as much water as 
possible to the condenser. This reduces the moisture con- 
tent in the latter stages with higher tip speeds and thus 
reduces the tendency for blade-tip erosion in those stages. 
It also improves the thermodynamic performance. Several 
shapes and arrangements of moisture grooves or mois- 
ture separators may be seen by inspection of Figs. 2, 3, 4, 
and 50. When required, the leading edge of the blade at 
the tip is hardened to increase erosion resistance. This 
includes either locally flame hardening the blade material 
or using specially shaped pieces of hard material, called 
moisture shields, which are brazed to the leading edge of 
the blade. Stellite, a material used for tipping machine 
tools and for other applications where an extremely hard 
material is needed, is used for this purpose. The use of 
flame hardening or moisture shields is not necessary 
when a harder 12% chrome alloy is used as the blade 
material. Figure 41 shows a typical curve that defines the 
limits for blade erosion protection as a function of blade- 
tip speed and moisture at the inlet to the stage for a 
straight 403 stainless steel. This curve will change de- 
pending on the blade material and the other variables that 
influence blade erosion as noted above. 

5,5 Blade Fastenings. The many types of blade fas- 
tenings that have been developed may be classified in 
two general groups, ''circumferential entry” and '“axial 
entry*” Blades held by a circumferentiahentry fastening 
system are inserted radially in a circumferential groove 
and then moved around the rotor into final position, while 
axial-entry system blades are held in axial slots spaced 
uniformly around the periphery of the rotor. The most 
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Fig. 41 Acceptable tip speed versus moisture at stage mlet for straight 
403 itoinkss sted 


common forms of blade fastenings are shown in Fig. 42* 
The dovetail, T-slot, and straddle are of the circumferen- 
tial-entry type while the fir-tree and bulb-and-shank are 
the most common types of axial-entry fastenings* 

Dovetail designs are optimized to have minimal stress 
concentrations in fillets through use of sophisticated tech- 
niques such as finite-el ement analysis and photo elastic 
evaluation. The design guidance provided by these analy- 
sis techniques can substantially increase the fatigue life 
of the dovetail and improve its reliability. 

5.6 Impulse Blading. Impulse blades are manufac- 
tured in a variety of ways* The most common method is 
to machine the blades from rectangular bars of stainless 
steel. Another method frequently used is to drop forge 


the blade to as nearly a correct shape as possible, then 
machine it to the exact dimensions where necessary. The 
third method, which is used occasionally for auxiliary tur- 
bines, is to cut the blades from long bars of rolled stock 
having a suitable cross section. These pieces are then 
dovetailed at one end and inserted in the rotor groove with 
suitable spacer pieces between them to give the blades 
the correct pitch and angle. 

Impulse blading generally is fitted with a shroud band 
at the outer diameter to stiffen the blades, suppress poten- 
tial blade Vibration, and to provide an enclosed flow path. 
Usually, holes are drilled or punched in the shroud bands 
to match the position of tenons on the blades. When the 
bands are in position, the tenons are peened over to secure 
the bands. In early practices the bands were sometimes 
welded to the blades, but this requires special techniques 
to avoid air hardening due to the welding heat. Shroud 
bands typically span from 4 blades up to as many as 25. 
Long exhaust-end blades typically use the longer banded 
segments to suppress low per-rev blade resonances* Spe- 
cial attention must be given to these longer segments 
during assembly to insure that the assembly stresses are 
minimized* The maximum shroud length may be limited 
by the differential expansion between the shrouds, blades, 
and rotor that result from rapid changes in temperature* 
Shrouds are made of corrosion-resisting steel similar in 
composition to the blades. 

The efficiency of impulse blading may be improved in 
certain cases when the blading is designed to include some 
reaction and there is a pressure drop across the moving 
blades. In this case, either axial or radial seal strips are 
used to minimize steam leakage and interference with the 
boundary layers of the flow path* Such seals have thinned 
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Fig. 44 Reaction blade — T-type Fastening 

edges to reduce heating effects in the event of accidental 
contact between moving and stationary parts. 

5.7 Reaction Blading. Purely reaction blading is gen- 
erally no longer manufactured; however, hundreds of 
units with reaction blading in the high-pressure stages 
are in operation and will continue to operate for many 
years* Accordingly, it is necessary to describe the more 
common forms of reaction blading* 

Many methods of securing reaction blading to the rotor 
are in use, but Figs. 43 and 44 represent the most common 
arrangements* Figures 43(a) and 43(6) show the segmen- 
tal type of reaction blading* End-tightened blading is no 
longer used because of the difficulty in maintaining the 
axial clearance with higher steam temperatures* The indi- 
vidual blades are cut to length from long bars of rolled 
stock having a suitable cross section. A typical Parsons 
section is shown in Fig* 45* The blades are spaced and 


positioned by packing pieces located at the root. The pack- 
ing pieces are cut from rolled bar stock of a shape such 
that the correct pitch and angle is obtained when the 
blades and packing pieces are assembled in a form. The 
shrouding is brazed by dropping the assembly in a pot of 
molten brass. The solid root portion is then machined to 
fit the rotor* 

Figure 43(c) illustrates a somewhat similar construction 
for blades having moderate speeds and stresses. Each 
packing piece is brazed to a single blade and then ma- 
chined to fit the groove. The blades and packing piece 
units are then driven up individually in the groove and the 
binding wire or shroud secured after the entire row is 
installed* 

Figure 44 shows a reaction blade having the spacer 
piece at the root formed integrally with a T-slot root fas- 
tening. A blade of this type may be machined from a solid 
rectangular bar* or forged and then finish machined. The 
fastening is suitable for long blades at high blade speeds. 

The pressure drop in either fixed or moving reaction 
blade rows causes leakage by the tips of the blades, which 
constitutes a loss in efficiency. Close clearances are neces- 
sary to reduce this loss to an acceptable level. One method, 
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illustrated by Fig. 43(c), involves thinning the blade tips 
to a fine edge to prevent serious damage in the event of 
a rub. Since this destroys the shape of the blade and the 
leakage flow disturbs the boundary layer, it is used only 
on long blades where the clearance loss is small. The 
shrouded reaction blades as shown in Fig. 43(a), 43(6), and 
44 are more efficient 

5,8 Rotor Axial Dimensions. The distance between 
bearings is the sum of the axial space requirements of a 
number of individual sections of the rotor and should be 
kept as short as possible. The axial dimension of each 
impulse wheel is related to the blade width, the size and 
type of blade root and, in some cases, to the hub width 
necessary to keep stresses in the rotor due to centrifugal 
forces at a reasonable value. The thickness of each dia- 
phragm is determined by limiting the deflection caused 
by steam forces due to the pressure drop across the dia- 
phragm and by stress considerations. The axial lengths 
required for high-pressure packing, interstage packing, 
and glands of the labyrinth type are chiefly dependent 
upon the number of sealing teeth. Finally, the length be- 
tween bearings is affected by the axial clearances pro- 
vided between stationary and moving parts. Since there 
are a large number of such clearances, it is important to 
keep the clearances as small as possible^ however, they 
must be sufficient to avoid rubbing contact under all op- 
erating conditions. When relatively rapid variations m 
steam temperatures occur, during either maneuvering or 
sudden large changes in power output, the rotor and cas- 
ing usually will adjust to the new temperatures at differ- 
ent rates such that the resulting differential expansion 
may seriously reduce some of the running clearances. The 
selection of design, or cold, clearances is dependent upon 
calculations for the rates of change in temperature of all 
parts involved. 

5,9 Rotor Critical Speed, The selection of the shaft 
diameter for a turbine rotor involves consideration of the 
critical speeds of the rotor. The simplest method of analyz- 
ing the critical speed of a rotor is to consider it as a 
beam of variable cross section, freely supported by a rigid 
bearing at each end and subject to transverse vibratory 
forces of variable frequency, whereupon it will be found 
that the amplitude near the center of the bearing span 
will reach a maximum at a resonant frequency called the 
“first critical speed.” At a higher frequency, called the 
“second critical speed,” the rotor will vibrate in resonance 
with nodes at each bearing and the midpoint of the span. 
Still higher critical speeds are possible, but are seldom 
encountered in marine turbines. In actual practice the 
bearings and their supports are not rigid and the flexibil- 
ity of the fluid film in the bearing alone may lowej the 
rigid-bearing critical speeds by as much as 50%. 

When a rotor is brought up to speed, the centrifugal 
forces due to unbalance in any section of the rotor cause 
it to deflect, and the bent rotor then whirls around its 
neutral axis at a rotational speed in what is called “syn- 
chronous whirl.” The theoretically infinite amplitude at a 
critical speed is limited in practice by the presence of 
damping in the system. It should be noted that damping 


inherent in the rotor material does not contribute to lim- 
iting the amplitude since the rotor shape does not change, 
but merely whirls. Instead, damping is contributed princi- 
pally by the bearings and bearing supports [19]. 

The exciting force for rotor whirling vibration is pro- 
vided by the unbalance in the rotor; and if this unbalance 
is small, as is usually the case, the rotor may go through 
its "critical” without a noticeable change in vibration am- 
plitude. The rotor sensitivity to unbalance is dependent on 
the particular rotor geometry, the stiffness and damping 
of the hearings and their support structure, and the opera- 
tional loads on the bearings. 

The dynamic characteristics of the bearings are 
matched to specific rotor characteristics to evaluate the 
effect on the vibration response of the rotor-bearing sys- 
tem. For example, tilting-pad bearings (see Section 8.2) 
were intrqduced to avoid half-frequency, oil-whip prob- 
lems with sleeve bearings [20]. Their use was originally 
limited to high-speed, light-load applications; however, 
tilting-pad bearings have subsequently been used in wider 
applications regardless of speed or load because of their 
stiffness and damping characteristics. They have an ef- 
fect on the rotor sensitivity to unbalance, and they also 
have a wider tolerance to misalignment. 

The operational loads on a bearing have also been recog- 
nized as being a significant factor that influences the 
bearing stiffness and damping and, thus, the rotor sensi- 
tivity to unbalance [19]. Under part-load operation, a tur- 
bine operates with one or more of its valves closed; this 
creates a partial-arc force on bearings that can be signifi- 
cant, especially if these forces are large relative to the 
rotor weight. Other sources of partial -arc forces are fixed 
partial-arc diaphragms that may be used in the steam path 
for thermodynamic reasons along with any partial-arc ex- 
tractions or admissions. The effect of these forces must 
be considered; not only for their influence on the hearing 
dynamic characteristics used to predict rotor response, 
but also for their influence on hearing operational temper- 
atures and reliability. 

A valve opening sequence is illustrated by r ig. 46 ror a 
machine with a 4-pad, tilt-pad bearing, as shown in Fig. 
47. Figure 48 shows the force vector change for the case 
with the first two valves open. As the second valve opens 
in the lower half, the rotor gravity load vector and torque 
force vector combine to have a resultant force vector, 
which rotates toward the pivot point of the adjacent tilt 
pad. For this case the bearing characteristics have then 
changed from a 4-pad load-between-pad bearing to a 4- 
pad load-on-pad configuration. 

When the rotor force vector is directed to be a load- 
between-pad bearing, the oil-film stiffness and damping 
coefficients are nearly symmetrical, and the shaft orbits 
are reasonably circular. When the force vector is directed 
toward the pad, to be a load-on-pad configuration, the 
coefficients in line with the pad are vastly different and 
produce a narrow', elliptical orbit. The two extremes bound 
the potential variation of stiffness and damping that can 
occur in the bearing due to partial-arc effects. The direct 
results of these variations are changes in the rotor critical 
speed and response to unbalance. This condition will not 
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Fig. 46 Nozzle bo* valve arcs showtog opening sequence and direction of 
tangential Forces 



Fig, 47 Rotation of bearing force vector due to effect of partial-arc steam 

forces 


occur during a factory no-load test, but only during opera- 
tion with load. 

5.10 Rotor Balance. Finished turbine rotors are bal- 
anced in special machines developed for this purpose be- 
fore being run for the first time. Relatively stiff rotors 
may have correction weights located only in two planes, 
one at each end of the rotor. However, when the rotor is 
flexible and very low vibration levels are required, it is 
often desirable to balance the unbladed rotor first, then 
rebalance after each stage of blading is installed, making 
the weight corrections in the plane of each respective row. 
The final check of the rotor balance is made when the 
turbine is tested at design speed in its own casing and 
bearings or in a high-speed balance facility. 

Rotors in service may be balanced in their own casings 
by using special instrumentation designed for this pur- 
pose, This equipment includes a speed pickup and vibra- 
tion probes at each end of the rotor. Generally two test 
runs are required with knowm test weights applied to the 



Fig. 48 Resultant hearing load from combined gravity and steam torque 
forces with two valves open at rated speed and steam conditions. Lower 
half bearing pivot locations shown for 4-pad. load -be tween-pad t bearing 

rotor in different positions for each test, then a determina- 
tion of the final correction weights may be made by calcu- 
lation. Some turbines have provisions to install correction 
weights without the necessity of lifting the upper turbine 
casing, which greatly expedites the balancing process. 

Some machines that have been well balanced initially 
tend to become out of balance with time. The unbalance 
may result from creep, unsymmetrical thermal or pres- 
sure distortion, erosion, corrosion, wear, material depos- 
its, or other causes. 

5.11 Rotor Material. Most marine turbines are ma- 
chined from solid forgings. Rut, in smaller turbines or 
older machines the disks may be shrunk and keyed to the 
shaft. Reaction turbines usually are made with forged 
one-piece rotors, but in some cases a hollow forging has 
been used with the shaft end (gland and bearing) fitted 
into it at one or both ends. The rotor material must be 
suitable for the range of temperatures at which the tur- 
bine will operate. Fortunately, the blades at the hot end 
of the turbine are short and the wheel stresses may be 
kept reasonably low and commensurate with the reduced 
physical properties of the forging at higher temperatures, 
while the reverse is true at the cold, or exhaust, end. 
Forgings for use above 700 F generally contain 0.5% mo- 
lybdenum, and for higher temperatures and greater 
strength may contain various amounts of vanadium, chro- 
mium, and nickel. 

Rotors operating at speed have tangential and radial 
stresses due to centrifugal forces. These stresses are eval- 
uated at each wheel to insure that they do not exceed 
established allowable limits. In addition, for high-tempera- 
ture rotors, care must be taken to select rotor wheel fillets 
that have low stress concentration factors to minimize the 
potential for thermal cracking of the rotor due to low- 
cycle fatigue. 
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Section 6 

Nozzles, Diaphragms, and Stationary Blading 


6.1 Nozzles. For every moving row of blades there 
is a corresponding row of stationary blades or nozzles. 
Each nozzle passage must have the proper shape so that 
the steam velocity can be generated with the least possible 
loss, and the discharge jet must impinge upon the blades 
with the proper angle in order that a high stage efficiency 
may be realized. Many years of research have been de- 
voted to improvements in nozzle efficiency, and many in- 
genious devices have been developed for making nozzle 
tests using both steam and air. The work that has been 
done has made it possible to design and manufacture noz- 
zles that have an efficiency of 96 to 97 % throughout their 
normal operating range. 

Ahead nozzles in the first stage of the high-pressure 
turbine must be suitable for operation at a high tempera- 
ture. The nozzle arc is usually less than 180 deg and is 
divided into a number of segments such that steam flow 
to each segment is controlled by a separate valve. When 
the turbine is carrying a light load and only one of the 
valves is open, the pressure drop is large across the few 
nozzle partitions that are operating. These partitions must 
be strong enough to withstand the pressure drop and stiff 
enough to prevent the discharge edges from vibrating and 
breaking. The cross section of the flow passage generally 
is rectangular, and the nozzles are assembled from sepa- 
rately machined partitions or vanes welded together to 
form a nozzle plate, which is secured to the nozzle chest. 
The nozzle material generally is 12 to 13% chrome stain- 
less steel. 

The nozzles at the inlet of the astern turbine must with- 
stand large pressure drops, often the full pressure drop 
from main steam pressure to condenser pressure. As a 
result, at full astern power the discharge velocity of the 
steam as it leaves the nozzles is well above the velocity 
of sound. To generate this high velocity efficiently, con- 
vergent-divergent nozzles (nozzles having a discharge 
area larger than the throat area) are used. The cross sec- 
tion of the flow passage may be rectangular or may be 
round with a conical enlargement in the divergent section. 
The round type, generally called a "reamed nozzle" be- 
cause of the method used in manufacture, has a somewhat 
lower efficiency, greater length, and cannot utilize the 
area of a given flow annulus as effectively. These disad- 
vantages are not significant in astern turbine applications 
and are offset by lower cost and ease of manufacture. 
Astern nozzles normally are surrounded by cold, wet 
steam during ahead operation; and to avoid excessive cor- 
rosion and loss of efficiency, the nozzles are made from 
corrosion-resisting steel. To prevent steam leakage dur- 
ing astern operation, the astern nozzle block must be held 
securely to its supporting member. In addition, the combi- 
nation of the two members must be able to expand freely 
without changing the relationship between the nozzles 


and blades when the astern turbine is in use and the tem- 
perature at the inlet changes rapidly from condenser to 
main steam temperature. 

6.2 Diaphragms. A typical turbine diaphragm is illus- 
trated by Fig. 49, The packing diameters between impulse 
turbine wheels are made as small as the rotor critical 
speed calculations will permit to minimize the packing 
leakage from stage to stage. The pressure drop across the 
diaphragm causes it to deflect axially, and the thickness of 
the web and the strength of the nozzle partitions must be 
sufficient to limit stresses and deflections to acceptable 
values. 

The diaphragm has more surface exposed to the steam 
than that portion of the casing in which it is supported. As 
a result e&ch diaphragm will change temperature and ex- 
pand or contract radially at a faster rate than the casing. 
Provisions must be made in the design so that this differen- 
tial radial expansion will not disturb the alignment of the 
packing relative to the shaft and cause a rub. The most com- 
mon method is to support the diaphragm just below the ho- 
rizontal joint at two points, one on each side, such that the 
vertical and axial positions of the diaphragm are fixed by 
the casing, and differential expansion in the horizontal di- 
rection is not restrained. A third point of support at the bot- 
tom centerline allows free vertical expansion and positions 
the diaphragm in the horizontal direction. 

Each diaphragm must also be arranged so that its two 
halves will not separate and permit steam leakage at the 
horizontal joint. Normally, the two halves are keyed and 
doweled together to minimize leakage and to prevent rela- 
tive movement, 

During operation the steam jets from the nozzles im- 
pose a large reaction force upon the diaphragm. The tan- 
gential component of this force would tend to turn the 
diaphragm if some means were not provided to prevent 
its rotation. When the diaphragm is center supported, 
the arrangement inherently prevents rotation; but if the 
diaphragm simply rests in a groove in the casing, it is 
necessary to rely upon locking devices, which are gener- 
ally used to hold the upper-half diaphragms in the upper 
casing when the casing is lifted. 

6.3 Intermediate Blades. Stationary blades, often 
called "intermediates/’ are located between the moving 
rows of blades on two- and three-row velocity -compounded 
wheels, as may be noted from Fig. 50. Their function is to 
redirect the steam from the first row of moving blades so 
that it will impinge upon the second moving row' at the 
proper angle. If the first-stage ahead or astern nozzles 
cover only a portion of the arc, the intermediate blades will 
cover a slightly greater arc, which is oriented to allow for 
the movement of steam around the circumference as it pas- 
ses through the first row of blades. Since stresses are low, 
it is common practice to use dovetail-type fastenings. The 
blades may be inserted directly into a dovetail groove in the 
casing or fitted in a separate holder. 
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Fig. 49 Necessary parts and a completed diaphragm using the welded type of construction 


Section 7 

Casings and Packings 


7.1 Casings. The turbine casing serves to position the 
blades, diaphragms, gland packing, bearings, and other 
stationary parts as well as to contain and direct the flow 
of steam. At the inlet end the casing is subject to high 
pressures and temperatures and must be designed to con- 
tain the steam safely and without leakage. At the exhaust 
end of the turbine, the steam pressure is subatm os phene 
and the casing must be designed so that it will not collapse 
or allow air to leak into the condenser and impair the 
vacuum and, at the same time, support the low-pressure 
end of the rotor. 

High-pressure turbine casings and many low-pressure 
turbine casings are made from cast steel. Cast iron is no 
longer used for the casings of main propulsion units since 
it is brittle and cracks under the impact of shock forces, 
and because above 450 F if grows in size, distorts, and 
weakens. Cast carbon steel is used when steam tempera- 
tures are below 775 F, but it is not satisfactory above this 
temperature because the material yields or creeps. For 
low-temperature nuclear applications, where the steam is 
saturated and moisture erosion is of concern, 12-chrome 
steel is often used. Carbon molybdenum steel containing 
not less than 0.5 percent molybdenum may be used for 
temperatures up to 875 F; and for still higher tempera- 
tures, various alloys of chrome molybdenum are suitable. 
The creep characteristics of the casing material should be 
considered in the range of 800-950 F and become highly 
important above this range. 

For assembly and machining purposes, the turbine cas- 
ings are made in two halves. The flanges and bolts that 
hold these two halves together must be designed so that 
the joints will not leak under any operating condition. The 
joint finish is important and several procedures may be 
used to ensure a proper fit. In the past, joints have been 


planed, then hand scraped to achieve a good contact be- 
tween upper and lower halves. As units have increased in 
size it has been found more practical to grind the joints 
on a large surface grinder. 

Calculations and experience influence the flange de- 
sign. It must be stiff and the joint faces must be flat and 
mate properly with those on the other half. The joint bolts 
must be substantial and placed as near the inside wall of 
the flange as possible. A high grade of creep-resisting 
bolt material is necessary, since the temperature of the 
bolts is only slightly less than that of the steam inside the 
casing. Experience has indicated that when the nuts are 
tightened by heavy sledging on a wrench, the thread sur- 
faces are damaged. Consequently, bolt tightening proce- 
dures generally involve the use of hydraulic wrenches or, 
in the case of bolts 2 in. in diameter and larger, bolt heat- 
ing. This involves tightening snugly but not heavily, then 
marking the angular position of the nut. An electric or 
gas heating element is inserted in an axial hole in the bolt. 
When the bolt has become heated and expanded, the nut 
is turned a predetermined amount that is calculated to 
give the desired stress in the bolt and compression in the 
joint. The bolt preload stress can be checked by measuring 
the elongation of the bolt The maximum allowable stress 
in the bolt upon cooling is related to the creep characteris- 
tics of the material but is typically in the range of 30,000- 
60,000 psi depending on the application. As noted above, 
the use of hydraulic wrenches has also become a common 
method for bolt tightening. This approach can be very 
successful where there is adequate space to accommodate 
the wrench. It is also sensitive to having proper lubrica* 
tion of the threads and nut faces to insure that the torque 
is effective in prestressing the bolt to the desired level of 
stress. Bolts have a tendency to creep rather rapidly at 


moisture groove 


266 


marine engineering 



m 

z 


3 

H 


3 

l 

£ 

Q 

< 

ui 

X 

< 

Uf 

3 

< 

I- 




Fig. 50 Steam path through impulse turbine 


STEAM TURBINES 


267 


first and should be checked and tightened if necessary 
after several months of operation. 

The low-pressure turbine casings are cast or fabricated, 
and the associated exhaust casing is generally fabricated. 
In order to withstand the difference between atmospheric 
and condenser pressure, the exhaust casing must be ade- 
quately braced. These braces must not interfere with the 
steam flow from the last stage to avoid stimulating vibra- 
tion in the last-stage blades. If the exhaust casing must 
support the condenser weight, this factor must be taken 
into account in its design. 

As the temperature of a turbine changes, the casings 
must be free to expand and contract freely. Between ambi- 
ent and operating temperatures, a single-casing turbine 
will expand lengthwise from V A to % in, and proportional 
amounts in other directions. Thermal expansion cannot be 
restrained because the forces involved would be 
enormous. 

To provide for thermal expansion, turbines are an- 
chored firmly to their foundations at one point, usually at 
the end next to the driven unit. With this point as a base 
the casings are guided so that their expansion is in the 
desired direction, A grooved sliding seat at the forward 
end is sometimes used, but more often the forward end 
of the casing is supported by a deep flexible I-beam, or 
equivalent, installed with its longitudinal axis 
athwartships, an arrangement that allows for free fore- 
and-aft movement while positioning the unit vertically and 
athwartships. 

There are several other miscellaneous requirements for 
a good casing design. Adequate provisions must be made 
for draining the casing during shutdown, starting, and 
while in operation. It must be free from pockets that 
would collect water while the ship is listing and then 
empty suddenly when the ship returns to an even keel. 

Suitable lifting lugs and guide pins must be provided 
so that the upper half shells can be lifted with the limited 
headroom and lifting facilities in the engine room of the 
ship. 

If possible, openings should be provided in the casings 
so that balance weights can be changed without lifting 
the upper casing. This is not difficult in the exhaust cas- 
ing, where manholes are provided for access to the con- 
denser. 

At the high-pressure end of the turbine, small borescope 
openings are sometimes provided to check the axial clear- 
ances between the rotating and stationary parts of the 
control stage and for general internal inspection. These 
openings are particularly useful when adjustments are 
made to the turbine thrust bearing. 

The amount of heat that is radiated from a turbine is not 
enough to affect its efficiency to any measurable extent. 
However, turbines are thermally insulated to reduce the 
heat load imposed upon the engine-room ventilation sys- 
tem, to protect personnel from hot surfaces, and to pre- 
vent abrupt temperature gradients in the turbine casings, 
which could cause distortions and joint leaks. Various 
types of thermal insulation materials are used to cover hot 
surfaces. Plastic insulation made from high-grade cement 
with a mineral wool base may be used at any operating 



Fig. 51 HigMow tooth packing 


steam temperature. Spun glass or glass fiber in glass- 
woven fabric bags makes a good installation, even next 
to the hottest surfaces, although they have shown a ten- 
dency to disintegrate if bent around too sharp a corner. 
Eighty-five percent magnesia is suitable for use where 
the steam temperatures do not exceed 450-500 F, In some 
cases a high -temperature-resistant insulation is used for 
the first or inner coat and a lower quality is used on the 
outside. Metal lagging is sometimes applied, chiefly for 
appearance purposes, 

7.2 Packings. All of the steam that passes through a 
multistage turbine should perform useful work on the 
blades, but unfortunately this ideal is never reached. 
There are a number of points where it is necessary to 
prevent the bypassing of steam through leakage between 
the stationary and rotating parts. It is not practical to 
reduce this leakage to zero by the use of seals or packings 
that require contact between the moving surfaces, be- 
cause the high relative rubbing speeds would generate 
excessive heat and the sealing surfaces would deteriorate 
in a very short time. Hence, clearances must be provided 
between the rotating and stationary parts and suitable 
arrangements are needed to minimize the leakage flow. 

The most commonly used form of packing for marine 
turbines is the labyrinth seal In principle, the labyrinth 
seal consists of a series of small clearances that serve to 
constrict the leakage flow. At each clearance the velocity 
of the leakage fluid is increased by the corresponding 
pressure drop, only to have this velocity energy converted, 
or partially converted, to heat by turbulence and eddying 
in the space that follows each point, thus effectively throt- 
tling the fluid. The leakage flow is dependent upon a 
number of factors and may be estimated as described 
in Chapter 2, Two arrangements of the seal points are 
possible. The most common arrangement, called a 
“stepped labyrinth” packing, is shown in Fig. 51 and con- 
sists of a stationary ring having a series of fins tapered 
to thin edges so that in the event of an accidental rub 
there will be a minimum of heat generated. High and low 
points alternate and corresponding lands and grooves are 
machined in the shaft to suit. With this arrangement, the 
flow from each point does not impinge upon the following 
clearance. Sufficient axial clearance must be provided be- 
tween the long points and the lands to avoid contact when 
differential expansion of the casing and rotor takes place 
due to the temperature differences in these parts. In addi- 
tion, the lands must be wide enough so that the fins will 
not move beyond the lands and become ineffective. When 
there is a considerable differential axial movement, a 
“straight-through” labyrinth-type packing is sometimes 
used with a smooth shaft, and all seal points are of the 
same radial length. In addition to the factors governing 
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flow through a stepped labyrinth, the leakage flow 
through a straight-through labyrinth packing is depen- 
dent upon the ratio of the clearance to the axial pitch of 
the points because of the velocity -carryover effect. 

Each labyrinth packing ring is cut into four or six seg- 
ments, which are held in position in the casing groove by 
either radial or flat leaf-type springs. If rubbing should 
occur, the segments are pushed out to a larger diameter 
and return to their normal position when contact with the 
shaft ceases. This flexibility minimizes the wear down of 
the points and the consequent increase in clearance. If the 
coefficient of expansion of the packing ring material is 
higher than that of its supporting member, clearance 
must be provided at the circumferential ends of the seg- 
ments* This is sometimes accomplished by “archbound t? 
packing where the circumferential contact radius of the 
packing is less than the radius of the supporting lip. This 
feature permits thermal growth and radius straightening 
during heating. In operation, the segments are sur- 
rounded by steam at various pressures (see Fig. 51) and 
care must be used in the design to assure that the resul- 
tant force will always push the segments toward the 
shaft 

It is important that the material used for the stationary 
replaceable points have good rubbing characteristics, i.e*, 
minimum tendency to gall or tear in the event of accidental 
contact with the shaft It is customary to use a leaded 
nickel-brass casting (for example, 6Pb-13Ni-65Cu) when 
steam temperatures do not exceed 750 F* In some cases 
leaded nickel brass is used up to 800 F, but this should be 
done with care since the strength of this material declines 
at higher temperatures, A 22% nickel ductile iron casting 
is used for higher temperatures* 

The loss due to steam leakage through the diaphragm 
packings of an impulse turbine averages between 1 and 
3%. The loss in individual stages varies through much 
wider limits. In the low-pressure stages, where the spe- 
cific volume of the steam is high, the percentage of steam 
that passes through the packings is small. In the high- 
pressure stages, the percentage is greater, and it is desir- 
able to use more points and smaller clearances* 

Labyrinth packings are also used for the high-pressure 
packing of impulse turbines and the dummy packing of 
reaction turbines* In each case the steam that passes 
through these packings is discharged to a low-pressure 
stage, and therefore part of the available energy in the 
steam is recovered as it flows through the remaining 
stages to the condenser. 

Labyrinth seals are used also in the shaft glands where 
the rotor passes through the ends of the casing to prevent 
steam leaking out when the internal pressure is greater 
than atmospheric, and to prevent air from leaking into the 
turbine when the casing pressure is subatmospheric. The 
internal arrangement of a typical gland is shown in Fig. 
52, and a diagrammatic arrangement of a typical gland 
seal system for a cross-compound turbine installation is 
shown in Fig* 53* The directions of flows at various powers 
are indicated, and it can be seen that steam must be sup- 
plied from an external source for operation at low ahead 
powers, standby, and astern powers* Excess steam must 



be dumped at. high ahead powers, Adjustment of the seal 
steam pressure to 0.5-L0 psig may be manual or auto- 
matic, but in either ease it is desirable to interlock the 
steam supply and steam dump valves to prevent misopera-' 
tion, which could result in both valves being open with a 
consequent loss of live steam to the condenser* The gland 
exhaust or leakoff system prevents the loss of vapors to 
the engine room; it discharges to a small condensate- 
cooled condenser, where the air is pumped out by a motor- 
driven fan. 

Thus far, the discussion of labyrinth packings has been 
confined to multi tooth packings used to reduce steam 
leakage along the shaft. Single- or double-tooth labyrinth 
packings are commonly used to reduce steam leakage 
around the rotating blades in an impulse turbine or the 
stationary and rotating blades in a reaction turbine. These 
teeth, or spill strips as they are sometimes called, may be 
fastened radially into the casing or diaphragm, or they 
may be attached to or form a part of the blade or its cover, 
as illustrated by Figs* 43 and 44. 

Another type of packing, which is sometimes used for 
glands, consists of rings of carbon carefully fitted with 
close clearances about the shaft and held in a suitable 
housing* Each carbon ring is located in a separate com- 
partment and is made up of segments held together by a 
garter spring. Each ring is free to move in a radial direc- 
tion such that minimum contact with the shaft takes place 
and at the same time steam pressure forces the ring 
against the downstream side of its compartment to hold 
the ring in this position and to effect a seal. The quality 
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Fig. 53 Typical gland seal system 


of the carbon used in a carbon packing is important Car- 
bon that is too hard will generate too much heat and may 
score the shaft when rubbing occurs, whereas excessively 
soft carbon will produce a packing that is easily damaged 
either by handling or in service. Carbon glands are sensi- 


tive to any dirt particles that pass through the clearance 
space and to roughness of the shaft surface. Because of 
maintenance problems, carbon glands are not widely used 
for main propulsion units or ship service turbine- genera- 
tor sets. 


Section 8 

Lubrication and Bearings 


8,1 Lubrication System. Oil is used to lubricate the 
turbine journal and thrust bearings and the main reduc- 
tion gear, and to furnish power to valve-operating mecha- 
nisms and protective devices* There is no direct contact 
between the lubricating oil and the steam and, therefore, 
with proper design, there is no danger of contaminating 
the boiler feed water* 

The gravity-tank system frequently used in merchant 
marine applications uses an overhead tank from which the 
bearings, oil sprays, etc* are fed by gravity. This tank is 
located high enough to ensure at least 10 psig pressure 
at the highest bearing, and is large enough to supply 
oil for three to five minutes when the propulsion unit is 
operating at maximum power. With a gravity tank, a fail- 
ure of the independently driven lubricating-oil service 


pumps does not immediately interrupt the flow of oil to 
the bearings, and time is available to take corrective steps 
before major damage occurs. 

An alternative system, sometimes referred to as a pres- 
sure system, has no overhead tank, but pumps the oil to 
a constant-pressure head. This system is frequently used 
for naval vessels where the overhead tank would consti- 
tute a fire hazard in the event of battle damage and where 
the necessary space and elevation are not generally avail- 
able. When operating at higher speeds, some improve- 
ment in reliability may be obtained by driving the lubri- 
cating-oil service pump from the reduction gear or the 
main shaft, with independently driven standby pumps for 
lower speeds, astern, and emergency operation. 
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Still another version of the pressure system, sometimes 
used for merchant vessels, compensates for the elimina- 
tion of the gravity tank and its emergency supply by 
fitting a reduced-capacity, direct-current, motor-driven 
emergency pump capable of limited operation by storage 
battery. 

Turbine manufacturers generally do not specify the 
characteristics of lubricating oil in great detail, but in- 
stead recommend only viscosity and the use of a reliable, 
recognized type of marine oil. For turbines a viscosity 
range of 150-250 SSU at 100 F would be satisfactory; 
however, if mechanical reduction gears are lubricated by 
the same system, a heavier oil having a viscosity of 350- 
400 SSU at 100 F is desirable. The oil should be free of 
water, sediment, acids, soap, resins, and other injurious 
materials. There should be no tendency toward permanent 
emulsification, or rapid oxidation with the formation of 
sludge. 

The oil pressure typically is 30 to 50 psig at a point ahead 
of the oil coolers and 10 to 15 psig at turbine bearings. The 
required oil quantity is dependent upon many factors stich 
as bearing size, speed, clearance, and internal arrange- 
ment, as well as the gear design, 

A vacuum usually exists in the unloaded half of a high- 
speed sleeve-type journal bearing. The vacuum draws into 
the oil film a significant quantity of air that often appears 
as very small bubbles in the drain oil. This entrained air 
can disturb pump and hydraulic governor operation, and 


become a semipermanent froth with undesirable types of 
oil. A large sump capacity, equivalent to three to five 
minutes' supply for the lubricating-oil service pumps, and 
a sump arrangement, which gives as much opportunity as 
possible for the release of entrained air, are necessary to 
ensure reliable operation. 

The outlet temperature of the oil from the cooler should 
not exceed 130 F. Incoming oil to the cooler is generally 
in the range of 140-160 F. 

8*2 Journo! Bearings. A turbine rotor is supported in 
bearings, which carry the weight of the rotor and maintain 
the correct radial clearances between the rotor and casing. 
Normally there is a bearing at each end of the rotor, 
except in the case of some auxiliary units that use over- 
hung turbine wheels. 

Two types of sleeve bearings are in common use, 
namely, eylindrically and spherically seated. The length- 
to-diameter ratios of turbine bearings lie in the range of 
0*8 to 1.75; more efficient performance is obtained with 
the lower ratios* The load per square inch of projected 
bearing area is in the range of 100 to 200 psi. The clearance 
between the journal and the bearing is kept as small as 
possible to allow accurate radial positioning of the rotor, 
and is typically 1.5 to 2 mils per inch of journal diameter. 

Figure 19 illustrates a typical fixed-sleeve bearing. 
Spherically seated bearings are shown in Figs. 3 and 4. 
The latter type, sometimes called a self -aligning bearing, 
permits a small amount of shell movement to compensate 
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for minor misalignment with the shaft This feature is 
generally effective only for adjustments during assembly, 
because for many designs the bearing cap has such a tight 
fit that movement in service is unlikely. 

Bearings normally wear at a very slow rate; indeed, the 
initial surface is sometimes visible after years of service. 
Wear occurs chiefly during starting, before an oil film is 
established, but is also caused by foreign particles in the 
oil. The amount of wear may be determined by the use of 
special bridge gages placed at each journal to confirm the 
proper rotor position, by measurements of the bearing 
shell thickness at prescribed points on the circumference, 
or by a depth micrometer mounted on the bearing cap. 

Multishoe, tilting*pad radial bearings have become in- 
creasingly common in steam turbine applications [21]. 
This type of bearing resembles the well-known multishoe 
tilting-pad thrust bearing, except that it is wrapped 
around a circular shaft Several identical shoes are en- 
closed in a circumferential space filled with oil. As illus- 
trated by Fig. 54, each pad is pivoted either by line or 
point contact to tilt and form a wedge-shaped film of oil 
to support the rotating shaft. This type of bearing has 
high internal damping and, because of its inherent stabil- 
ity and freedom from oil-film whirl and other vibrational 
phenomena, it has been used to replace sleeve bearings 
when such difficulties have become apparent This is par- 
ticularly true in the case of lightly loaded high-speed 
bearings, 

8*3 Turbine Thru*! Bearing*. To hold the turbine rotor 
in the correct axial position relative to the stationary parts 
and to absorb the unbalanced axial forces imposed upon 
the rotor, some form of thrust bearing is necessary* 

In a reaction type of turbine, a large portion of the total 
pressure drop occurs in the moving blades and produces 
a sizable axial force, which is counteracted by a dummy 
piston that is designed to produce an axial force in the 
opposite direction. The diameter of the dummy piston is 
selected to give a net axial thrust such that the calculated 
loading of a thrust bearing of reasonable size will be 
conservative. It must be recognized that the net thrust is 
the difference of two large quantities; therefore, a small- 
percentage variation in either quantity will produce a 
large-percentage change in the thrust loading* 

In the impulse type of turbine, the pressure drop across 
the blades is much less, but due to the large total area of 
all the wheels* even a small pressure drop across each 
will produce a fairly large total force* In addition, the 
diaphragm packings sometimes increase in diameter from 
the high-pressure to the low-pressure stages and produce 
additional axial forces. The diameter of the packing at the 
high-pressure end may be adjusted to produce a net 
thrust, which can be carried by the thrust bearing* To 
reduce the pressure drop across the wheels, it is common 
practice to drill several steam pressure equalizing holes 
in each wheel* These holes are reamed and the edges 
carefully polished to avoid stress concentrations and the 
development of cracks* Pressure equalizing holes are not 
necessary in double-flow turbines; the thrust from one 
end of a double-flow turbine counterbalances the thrust 



OIL CONTROL RING 
LOWER HALF 


BASE RING KEY 


BASE 

LOWER 
PLATE 


CONTROL RING -UPPER HALF 


OIL INLET 


UPPER 

PLATE 



Fig. 55 Multi* too* ■ type thrust beating 


from the other end, and the thrust bearing need only hold 
the rotor in position. 

The most commonly used type of turbine thrust bearing 
is the pivoted segmental shoe or Kingsbury type. Figure 
55 illustrates such a bearing and shows the basic ele- 
ments, which consist of a collar, which may be either 
separate from, or integral with* the shaft, and stationary 
segments or shoes, which bear against the collar and ab- 
sorb the thrust. The shoes are free to tilt and form a 
wedge-shaped hydrodynamic oil film. The leveling plates 
distribute the load equally among the shoes* The load that 
can be carried safely by a thrust bearing depends upon 
the bearing size, shaft speed, and oil viscosity* The toad 
per square inch of bearing surface is often used as a 
design criterion, although it does not account for the last 
two variables. At turbine speeds, pressures of up to 1000 
psi have been demonstrated successfully in tests; how- 
ever, turbine thrust bearings are seldom continuously 
loaded above 250-400 psi during normal steady -state oper- 
ation* 

Some multishoe marine thrust bearings operate with 
complete submergence, the oil being admitted in the bot- 
tom half and arranged to discharge through a controlled 
area in the top half* This type of arrangement is called 
"flooded/* An "unflooded” thrust bearing has the dis- 
charge in the bottom half radially outward from the thrust 
collar; this design has been shown to result in lower power 
loss and a cooler-running bearing* 
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8.4 Pressure and Temperature Indication* To confirm 
oil flow, an inlet pressure gage, sight-flow fitting, or com- 
bination thereof may be used. Bearing performance gen- 
erally is monitored by temperature observations. In gen- 
eral, two approaches are possible; one is to measure the 
temperature of the oil leaving the bearing and the other 
is to measure the temperature in way of the load-carrying 
region of the bearing. With the former, the temperature 
of an oil mixture is measured, only part of which has 
passed through the load area where, due to shearing ac- 
tion, most of the heat is added. This may be accomplished 
by extracting a small amount of oil from within the bear- 
ing by special passages in the babbitt and shell or by- 
measurement of the drains. Temperatures may be sensed 
by a thermometer, thermocouple, or resistance tempera- 
ture element. This method gives readings which are rela- 


tively stable and can be arranged so that temperatures do 
not normally exceed 180 F. The absolute reading, how- 
ever, is not as important as a sudden rise in temperature 
with no corresponding change in operating conditions, 
since this would normally signify abnormal operation such 
as an internal failure or a wiped bearing. 

Alternatively, the temperature of the oil film at the load 
point, or the temperature of the bearing metal at this 
point, may be taken by a thermocouple or resistance tem- 
perature element embedded in the babbitt [22 ? 23]. Tem* 
peratures measured in this manner are generally in the 
range of 180 to 250 F for a loaded thrust bearing. If the 
temperature is higher than 250 F, or if it is abnormally 
high, there is cause for concern. For journal bearings, the 
typical temperature range is 180 to 230 F, 


i 
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Section 9 

Main Propulsion Turbine Operation 


9. 1 Preliminary Procedures. The procedures for start- 
ing, operating, and shutting down a main propulsion tur- 
bine unit vary somewhat depending upon the particular 
installation; however, the following procedures apply gen- 
erally to any conventional, geared-turbine marine set 

Before starting a turbine, the following checks are 
made: 

(1) Ensure that there is an adequate amount of lubri- 
cating oil in the system. 

{2} Ensure that the temperature of the oil supplied to 
the unit is at least 90 F before the unit is turned. 

(3) Remove any water accumulated at the bottom of 
the supply, gravity, and sump tanks as applicable. 

(4) Check the availability of circulating water to the 
oil cooler. If the oil temperature from the cooler is 
manually controlled, do not turn on the circulating 
water until necessary. 

(5) Start the lubricating-oil pump and make sure that 
oil is flowing freely to all bearings. 

(6) Use the rotor position indicators to establish that 
the turbine rotors are in their proper positions. 

(7) Check with the bridge to ensure that there are no 
obstructions in the way of the propeller. 

(8) Engage and start the motor-driven turning gear. 
Check to see that turbines and gears are rotating 
freely. Listen for any unusual sounds of rubbing 
or other indications of trouble. Continue rolling the 
turbines with the turning gear. 

(9) Make certain that the main steam line stop valves 
to the propulsion unit are closed and tight. Check 
to be sure that there is no steam pressure in the 
steam line to the turbines, then open wide and close 
the ahead throttle, astern throttle, and astern 
guarding valves to make sure that they operate 
properly before steam is admitted to the turbines. 
After checking, close the valves. 


9.2 Warming the Turbines. Although it is probable 
that a turbine, if its rotor is straight, can be started from 
a cold condition without warming up, such operation does 
not contribute to continued successful operation and 
should be done only in an emergency. The following proce- 
dure should be observed after the preceding preliminary 
steps: 

(1) Open all drains on main steam lines, turbine cas- 
ings, and gland steam seal lines to remove conden- 
sation. 

(2) Start the gland exhauster fan and place the steam 
sealing system in operation to maintain a seal pres- 
sure of V 2 to IV 2 psig. 

(3) Put the condensing equipment in service to provide 
a vacuum of about 10 in. Hg.; higher vacuum dur- 
ing the warming period would lengthen the time 
required to heat the turbine, and might cause in- 
equalities in temperature that would result in dis- 
tortion. 

(4) Continue the use of the turning gear for about 15 
minutes. 

(5) Obtain clearance from the bridge to run the main 
engine. 

(6) Stop the turning gear, disengage, and secure. 

(7) Open the main steam stop valve and admit steam 
to the ahead and astern throttle valves. 

(8) Alternately open the ahead and astern throttle 
valves sufficiently to turn the unit slowly for a few 
seconds, first in one direction and then in the other. 
This will tend to avoid putting way on the ship, 
straining dock lines, or riding up over the anchor 
if moored. Repeat this spinning procedure every 
five minutes for at least 20 to 30 minutes if possi- 
ble, or until the ship is ready to get underway. 

(9) Before getting underway bring the vacuum to 
normal. 
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9.3 Standing By. Keep the turbine drains open and 
continue turning the unit ahead and astern at intervals 
not exceeding five minutes. With steam supplied to the 
gland seal system, the turbine rotors should not be al- 
lowed to remain stationary for more than five minutes. 

The continued operating efficiency of steam turbines 
depends upon the maintenance of the relatively small ra- 
dial packing clearances. These clearances can be main- 
tained at the designed values only by keeping the turbine 
rotors straight, and to preserve this condition it is neces- 
sary to maintain a uniform temperature around the cir- 
cumference to the rotor. When a rotor is stationary, the 
heat tends to be concentrated on the top. This uneven 
heating results in temporary bowing or distortion of the 
rotor with consequent rubbing and wear of the packing 
when rotation is resumed. 

9*4 Underway at Sea. When maneuvering has been 
completed and the ship is proceeding to sea, close all tur- 
bine drains and make sure that the astern throttle and the 
astern guarding valve are tightly closed; then the unit 
may be brought up to about half speed. Higher speeds 
should be reached gradually, and at least 15 minutes 
should be taken to reach full speed, except in emergencies. 

Check the axial location of the turbine rotors with the 
rotor position indicators, and repeat at least once each day 
with measurements taken at approximately the same rpm. 

Check pressures, temperatures, oil levels, and flow indi- 
cators periodically to see that they remain normal. If any 
bearing shows signs of excessive heating or unexplained 
temperature changes, slow down immediately and ascer- 
tain the cause. 

Inspect and clean oil strainers regularly. Foreign mat- 
ter found in the strainer should be examined and traced 
to its source. Traces of water should be removed by opera- 
tion of the purifier. At regular intervals oil samples should 
be analyzed to check Ph, viscosity, additives, water con- 
tent, and other properties. 

In the event that the lubricating-oil pressure is lost for 
any reason, the low oil pressure trip will shutoff the ahead 
steam. If the vessel is undemay ahead, it will continue to 
coast for some time. Due to the hydrodynamic action of 
the water on the propeller, the propeller will continue to 
turn in the ahead direction and will rotate the engine. To 
avoid bearing failures, it is extremely important that shaft 
rotation be stopped by the use of astern steam until the 
vessel stops or oil pressure is restored. 

The inlet steam conditions should be periodically moni- 
tored. If an abnormally high inlet steam temperature is 
permitted over an extended period, damage may result. 
If the inlet temperature is too low, then moisture erosion 
will increase in the last stages of the low-pressure turbine. 

The operator should be constantly alert for any abnor- 
mal change in noise level, for unusual sounds, and for 
indications of increased vibration, particularly during ma- 
neuvering. If such are noted, slow down until the noise or 
vibration disappears. Operate for 10 to 15 minutes at this 
reduced speed, then slowly increase speed, taking at least 
another 15 minutes to reach operating power. 

if the rotor becomes temporarily bent due to thermal 
conditions and rubs on the packing strips, heat will be 


generated at the shaft surface on a small segment of its 
circumference. This will increase the shaft distortion and 
cause a harder rub, which will generate additional heat 
such that the rub becomes progressively worse, possibly 
resulting in a severe casualty. Hence, it is necessary to 
slow down, allow time for temperatures in the shaft to 
equalize, and thus permit the shaft to straighten. 

9.5 Prolonged Astern Operation* Main propulsion 
steam turbines designed for merchant ships generally are 
capable of continuous astern operation at 70% of the 
ahead speed for one hour without danger of rotation 
losses causing overheating of the idle ahead blading. This 
performance is contingent upon the exhaust vacuum be- 
ing at or near the design value. In addition, there must be 
no steam leakage into the ahead turbine through the 
ahead throttle or extraction valves. If temperatures in the 
crossover pipe and high-pressure turbine exceed allow- 
able values, the speed should be reduced. 

It should be noted that if the inlet steam temperature 
is constant, the astern exhaust temperature will rise with 
a drop in speed since the exhaust is superheated and the 
turbine efficiency decreases. 

9.6 Securing the Turbine. The following procedure 
should be followed when securing a turbine: 

(1) Close all turbine control valves and valves in the 
main steam line to the turbine. 

(2) Open all turbine drains. 

(3) Engage and start the turning gear. This allows 
the turbine rotors to cool uniformly while the oil 
circulation enables the heat transmitted through 
the shafts to be carried away from the bearings 
and thus avoid possible damage to the babbitt 
lining. 

(4) Secure the gland sealing and exhaust systems. 

(5) Keep the condenser circulating and condensate 
pumps in operation at minimum speeds until the 
turbines are drained, then secure. 

(6) Secure the first-stage air ejector jets but leave the 
second-stage jets in service for a few hours to draw 
air through the turbines. This should be repeated 
every two or three days to keep the turbines dry. 

(7) When the turbines have cooled sufficiently to avoid 
bowing, secure all associated equipment 

(8) Circulate oil and operate the turning gear every 
two or three days in port, covering all applicable 
parts with lubricant to prevent rusting. 

9*7 Emergency Op era t i a n* If eith e r turb ine of a cross- 
compound unit is damaged to the extent that it cannot be 
operated, the other turbine can be run on high-pressure 
steam by rearranging the steam and exhaust connections 
as necessary. The damaged turbine is disconnected from 
the reduction gear and remains idle. 

When operating with the high-pressure turbine alone, 
a special pipe is provided to exhaust directly to the con- 
denser. If the astern turbine is located in the low-pressure 
turbine, and this is usually the case, no astern operation 
is possible and the astern throttle should be wired shut to 
prevent its being opened by mistake. 
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When the high-pressure turbine is out of service, high- 
pressure steam is admitted directly to the inlet of the low- 
pressure turbine and controlled by a valve in the supply 
hue, which serves temporarily as a throttle. An orifice is 
generally fitted after the valve to limit the pressure to an 
allowable value. 

The power output is reduced not only by the decreased 
turbine efficiency but also by consideration of the gear 


loadings when operating with a single turbine. Gears 
driven by a single turbine are loaded to design torque 
values when the propeller speed is about 70% and the 
corresponding power about 35% of the normal ahead rat- 
ing. It is generally recommended that the emergency 
speed should not exceed 70-75% of the normal ahead 
rating. 


Section 10 
Auxiliary Turbines 


1 0. 1 Introduction. For steam power plants steam tur- 
bines are also commonly selected as prime movers for 
auxiliaries such as electric generators, feed pumps, and 
the cargo -oil pumps of tankers. Many of the basic princi- 
ples of steam turbine design and construction outlined in 
previous sections apply generally to the smaller units, but 
the design criteria may be modified because of the re- 
duced power output and because of economic considera- 
tions, Some of the more important considerations in this 
regard are discussed in the following. 

10.2 Ship-Service Turbine Generator*. The ship-ser- 
vice turbine generator (SSTG) provides electric power for 
the operation of motors, lighting, communications, and 
hotel sendees. The electrical generating capacity required 
for a particular vessel depends upon its type, its size, and 
its propulsion power, but in most cases the electric power 
requirements can be met by the selection of a unit from 
a series of standard ratings, which is as follows: 500, 600, 
750, 1000, 1250, 1500, 2000, and 2500 kW. These ratings 
have been chosen for standardization purposes, as it mini- 
mizes the number of frame sizes required to be offered 
by manufacturers and thus reduces development costs. It 
is possible, of course, to design and build nonstandard 
units of any size that may be required, both above and 
below this standard range. 

A typical SSTG consists of a high-speed, multistage 
condensing turbine driving a generator through a single- 
reduction gear. These components are mounted on a bed- 
plate together with the turbine drain, lubricating oil, 
gland seal, and gland exhaust systems to form an integral 
unit The turbine may exhaust to the main condenser or 
to an auxiliary condenser. When the auxiliary condenser 
is supported by the bedplate, the turbine-gear-generator- 
eondenser assembly is called a “packaged unit.” 

Savings in initial costs may be realized by the installa- 
tion of a multistage turbine for normal service and a sin- 
gle-stage, back-pressure-type turbine for standby servfce 
in lieu of two multistage units. 

Steam and vacuum conditions for the SSTG normally 
are the same as for the propulsion plant. A single casing, 
multistage condensing turbine generator has a lower effi- 
ciency than the main unit primarily because Its rated out- 
put is much smaller. An SSTG turbine generally consists 
of five to eight impulse stages and operates at 8000 to 


12,000 rpm. A cross section of a typical multistage con- 
densing turbine is shown in Fig. 56. The performance 
that may be expected from properly designed multistage 
turbines is .indicated in Fig. 57, 

Accurate control of speed is essential to maintain con- 
stant and correct frequency in an a-c electrical system. 
Speed control is accomplished by regulating steam flow 
to the unit as directed by a control system utilising the 
input from a speed sensor. Although there are several 
types of sensors and systems, in each case the flow regula- 
tion is achieved by the operation of nozzle control valves 
supplying steam to the first stage of the turbine. 

A simple mechanical system is shown in Fig. 58(a), in 
which a flyweight assembly senses shaft speed. Two fly- 
weights are mounted on a plate, which turns about a verti- 
cal axis driven by the turbine shaft through a worm and 
gear. The centrifugal force throws the weights outward 
and then compresses the stationary spring, thus lifting 
the vertical rod and moving the linkage and control valve 
until an equilibrium position is reached that corresponds 
to the speed. The speed setting may be changed by adjust- 
ment of the speed changer. This simple form of governor 
is used for small mechanical-drive turbines but does not 
have sufficient force to operate large steam-control 
valves. To overcome this difficulty, a pilot valve and servo- 
motor may be added as shown in Fig. 58(6) to form a 
mechanical-hydraulic system. The vertical rod operates 
the pilot valve to admit (or drain) high-pressure oil to 
(or from) the spring-loaded servomotor cylinder. As the 
servomotor piston responds, it tends to restore the pilot 
valve to the neutral position. In some cases the pilot valve 
is double ported, and high-pressure oil is directed to either 
the top or bottom of the servomotor piston as required. 

With any of the preceding arrangements, the speed will 
vary slightly with load. The difference in speed between 
rated load and no load divided by the rated speed is called 
the “regulation” or “speed droop” and is usually about 3 
to 4%. The amount of friction in the mechanism is impor- 
tant. The speed change above and below a mean required 
to produce corrective action is termed the “dead band” 
and is a measure of the “sensitivity.” When a sudden 
change in load occurs and the governor overcorrects fol- 
lowed by undercorrection, perhaps continuing for several 
oscillations, the action is called “hunting.” A certain 
amount of regulation is essential to minimize hunting. As 
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Fig. 56 Turbins generator, multistage condensing turbine 
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Fig. 57 Turbine-genfcfator steam rote 


{q\ Mechanical 





both regulation and friction are reduced, the sensitivity 
is increased; however, the stability is decreased, thus a 
compromise is usually necessary, with the regulation be- 
ing kept as small as stability or freedom-from-hunting 
considerations will allow. When a-c generator sets are 


operated in parallel, it is necessary that each speed gover- 
nor be adjusted for the same speed regulation if each set 
is to take an equal share of the load regardless of the load 
variation. 

In addition to the flyweight or mechanical type of speed 
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Fig, 50 Turbine steam rote for single-stage (2*towJ auxiliary units 


sensor, a hydraulic pump driven from the turbine shaft 
may be used in a hydraulic system. This pump may be 
either a positive-displacement type or a centrifugal type 
and the system may be similar to the speed-limiting gover- 
nor for main propulsion units described in Section 4.2 


With a third basic type of governor, speed or frequency 
control is accomplished by a combination of electric and 
hydraulic components (see Fig, 59), The speed signal is 
obtained from the frequency of a small permanent-mag- 
net alternator driven by the turbine rotor or speed-sensing 
magnetic pickup; its a-c voltage impulses are converted 
into a d-c voltage, which is proportional to speed, A refer- 
ence d-c voltage of opposite polarity, which is representa- 
tive of the desired operating speed, is established by man- 
ual adjustment of a speed-setting potentiometer. These 
two voltages are connected to the input of an electronic 
amplifier. If the two voltages are equal and opposite, as 
occurs during steady-state operation, they cancel and 
there is no voltage input to the amplifier and, therefore, no 
change in its output voltage. The amplifier output voltage 
drives an electro-hydraulic transducer, which directs the 
flow of oil to a servomotor that adjusts the governor 
steam valves to maintain the turbines at the speed corres- 
ponding to the position of the speed-setting potentiometer. 
If the turbine speed changes, the speed signal frequency 
and, therefore, the voltage supplied to the amplifier 
change. The difference between this voltage and the refer- 
ence voltage is supplied to the amplifier. The amplifier 
then supplies an output voltage to the electrodiydraulic 
transducer, which causes the steam valves to increase or 
decrease the steam flow to return the turbine speed to 
the set value. Stability is achieved by a time delay in the 
negative feedback around the amplifier. Since there is 
only one speed at which the speed signal and reference 
voltages are equal and opposite, this type of control is 
“isochronous”; that is, it maintains the same turbine speed 
regardless of load variation, A load sensor measuring 
current in each lead of the generator is used to anticipate 
speed changes and thus improve the dynamic response of 
the control system. The load sensors of several similar 
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units operating in parallel may be interconnected to en- 
sure equal load sharing with isochronous operation. Oper- 
ation in parallel with an infinite bus or dissimilar gover- 
nors is possible by the use of electronic components, which 
introduce droop characteristics as required. 

10.3 Single-Stage Auxiliary Turbines. Single-stage 
turbines, sometimes called mechanical-drive or general- 
purpose turbines, may be used to drive pumps, fans, blow- 
ers, and standby generating sets. The need for small tur- 
bines has resulted in standardized sizes up to 1500 hp with 
wheel diameters from 12 to 36 in. Rotational speeds vary' 
from 600 to 7200 rpm; the lower speeds apply to the larger 
wheel sizes used with direct-connected turbines and the 
higher speeds to smaller wheels associated with geared 
units. The efficiency generally improves with increasing 
blade speed, as shown in Fig. 60. There is usually a large 
energy drop with auxiliary turbines, which can be best 
handled in a two-row stage using nozzles of the expanding 
type. Individual hand valves may be provided to permit 
the opening and closing of nozzles to accommodate major 
changes in load. The speed governor is often mounted 
on the turbine shaft and acts directly through levers to 
actuate the inlet valve, usually a balanced single-seated 
throttle valve. Speed regulation is generally in the range 
of 5 to 6%. Mechanical-drive turbines are designed as com- 
plete units arranged for coupling to the driven unit. 

A close-coupled, integral type of turbine-driven pump, 
consisting of a single-stage steam turbine and a single- or 
two-stage centrifugal pump mounted on the same shaft, 
has been widely applied for boiler feed, fire, and tank 
cleaning services. Packaged units of this type are supplied 
with a forced-feed lubricating system, speed controls for 
either constant or differentia] pressure regulation, speed 
limiting governor, and back-pressure trip. 
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CHAPTER VII 


K. L Harrington 


Nuclear Marine 
Propulsion 


Section 1 

Fundamental Principles 


1.1 Scope. The purpose of this chapter is to present 
a survey of the application of nuclear energy to marine 
propulsion. The chapter is directed towards persons hav- 
ing an engineering background but no experience regard- 
ing nuclear reactors. Fundamental atomic theory and nu- 
clear reactor theory are described, and an overview of 
several nuclear reactor designs is included. For a more 
detailed treatment of highly specialized considerations of 
reactor engineering, including fuel design, reactor design, 
coolant chemistry, and nuclear instrumentation, reference 
is made to comprehensive textbooks that are available on 
the subject [1-7]. 

In order to avoid security classification problems and 
problems with 15 CFR Part 385, U.S. Export Regulations, 
primary emphasis is placed on nuclear applications to com- 
mercial merchant ships, in contrast to military applica- 
tions. However, a discussion of the differences in these 
requirements is included in a paper presented to the Soci- 
ety by ADM H. G. Rickover et al [8]. 

1.2 Introduction. Only one merchant vessel, the NS 
Savannah , has been built in the United States using nu- 
clear power for propulsion. The Savannah was built as a 
part of the Atoms for Peace Program to demonstrate the 
feasibility of nuclear propulsion in commercial applica- 
tions, and traveled over 450,000 miles visiting many coun- 
tries before being retired from active service in 1971. 

Although nuclear propulsion is more attractive as a 
general concept for merchant ships having long trade 
routes, even in this case nuclear propulsion is not economi- 
cally competitive with fossil-fuel propulsion plants under 
the prevailing technical, economic, and political condi- 
tions. The initial construction cost of a nuclear-powered 
ship can exceed the construction cost of a conventional 
ship by 50% or more. In addition, the extensive and pro* 
longed nuclear plant licensing process can intolerably ex- 
tend a construction schedule. With the large difference in 
initial capital requirements, the potential savings associ- 
ated with long trade routes and high speeds may not be 
of sufficient magnitude to make nuclear propulsion eco- 
nomically viable. In addition, nuclear ships entail a final 
major expense that is associated with decommissioning 
the vessel and disposing of the radioactive materials. 


One of the most significant characteristics of nuclear 
power for maritime applications is the compact nature of 
the energy source. The power produced by the fission of 
one gram of uranium-235 per day is equivalent to about 
one megawatt In other terms, the fission of one pound of 
uranium-235 is equivalent to the combustion of 900 tons 
of 18,500 Btu/lb fuel oil or 1,100 tons of 15,000 Btu/Ib 
coal Refueling for a nuclear ship occurs during a sched- 
uled overhaul period. The NS Savannah traveled over 
350,000 miles before having a partial refueling overhaul 
and another 100,000 miles after the partial refueling was 
accomplished. 

Safety is a major consideration with nuclear reactors 
because of the emission of radiation, consisting primarily 
of neutrons and beta and gamma radiations, from the 
fissions and fission products. Furthermore, the fission- 
product radiation must be considered for a long time after 
the reactor is shut down and the spent fuel elements are 
removed. Operating personnel must be protected from the 
radiation by suitable shielding; the shielding may consist 
of lead, water, steel, concrete, and other radiation-ab- 
sorbing materials. This shield adds considerably to the 
size and weight of the reactor, and represents one of the 
significant engineering problems in the design of a marine 
nuclear power plant. 

In addition to plant safety, accessibility for maintenance 
and the provision of a sufficiently high level of reliability 
to ensure a long service life must be considered not only 
in the formulation of the basic concept of the plant, but 
also in the procurement of equipment and components. 
Strict adherence to codes and standards and compliance 
with rigorous quality assurance programs during con- 
struction are the means used to ensure plants of high 
quality, 

A major engineering consideration for nuclear reactors 
is to provide under all circumstances for the removal of 
heat from the nuclear fuel One of the significant differ- 
ences between nuclear and fossil-fuel propulsion is the 
problem of decay-heat removal after reactor shutdown. 
Unlike an oil-fired boiler or combustion turbine, the nu- 
clear reactor cooling circuits must be operated and moni- 
tored for an extended period after shutdown for the safe 
removal of decay heat. 
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The high power density potential of the fuel and its 
theoretical potential to release its contained energy in a 
short time result in the necessity to provide efficient, 
highly reliable, and sometimes unusual heat-transfer sys- 
tems not only for the steady-state power operation and 
normal heat removal after shutdown, but also for all emer- 
gency and credible accident conditions* 

There is also an inherently larger annual operating cost 
associated with nuclear-powered ships as well as an in- 
creased cost of insurance (in recognition of the higher 
value of the ship), additional insurance to cover third- 
party liability, additional expenses required for special 
nuclear material handling facilities, and the additional ex- 
pense required to maintain a nuclear- qualified crew. The 
large crew expenses are due both to the increased compen- 
sation required to attract highly capable personnel and 
the time involved in training the operators to comply with 
the strict regulations necessary to operate a nuclear reac- 
tor safely. 

Another problem associated with nuclear merchant-ship 
trade routes is that political climates and social attitudes 
in some countries may restrict port entry. The complex 
legal, political, and social situations concerning the opera- 
tion of nuclear ships will have to be clarified and defined 
before commercial operators will have any incentive to 
expose themselves to the liabilities that nuclear energy 
currently entails. For a more detailed review of the non- 
technical factors that impact the commercial application 
of nuclear propulsion, see references 9 and 10. 

Economic studies indicate that the cost penalties associ- 
ated with nuclear propulsion are of such a magnitude that 
further innovations will be required before nuclear power 
will be able to economically compete with fossil-fueled 
power systems for ship propulsion; therefore, nuclear 
power is attractive only where the advantages of high 
power, endurance, or submerged operations capabilities 
override purely economic considerations. This is often the 
case for military purposes: and in some commercial situa- 
tions, these advantages can be of substantial importance* 
Reference 11 is a report of feasibility studies to transport 
Arctic crude oil by icebreaking tankers, which require 
high propulsion power, and by submarine tankers, which 
require a substantially lower power but also require an 
extended under-ice operation capability. The feasibility of 
transporting liquefied natural gas (LNG) from the Arctic 
by nuclear submarine tankers was investigated and re- 
ported in reference 12. The conclusions reached were that 
an under-ice transport system would be safe and reliable 
and would permit a scheduled movement of natural gas 
that is unimpeded by surface weather conditions. 

In the event that technological changes in shipping pro- 
cedures occur which place an increased importance upon 
higher ship speeds through total system integration, it is 
possible that an increased utilization and higher propul- 
sion power requirements could tend to make nuclear pro- 
pulsion more attractive for commercial applications on a 
broad scale. 

Aside from the wealth of operating experience accumu- 
lated in naval nuclear-powered ships, commercial ships 
such as the Savannah have provided a baseline against 


which safety issues can be judged. Although no nuclear 
commercial ship ventures are expected in the near term, 
the long-term scarcity of petroleum fuels could force the 
need to develop alternative means of propulsion that in- 
clude nuclear power. Safety considerations relative to nu- 
clear propulsion have become more stringent but better 
understood, and naval nuclear propulsion technology can 
be rapidly converted to meet commercial needs. Long-life 
reactor cores*and improved system designs can facilitate 
the optimization of operation and maintenance costs; and 
future systems can be designed to be simple, reliable, 
and easily tested at a minimum cost while assuring both 
operational continuity and public safety, 

1.3 Glossary, Many of the terms used in connection 
with nuclear science and its applications require defini- 
tion, as their meanings are not self-evident. The following 
glossary, which was taken largely from reference 13, con- 
sists of definitions that have special meanings in nuclear 
applications. 

Absorber, Any material that absorbs or diminishes the inten- 
sity of ionizing radiation. Neutron absorbers, such as boron, 
hafnium, and cadmium, are used in control rods and for the 
absorption of neutrons in reactor shields. A sheet of paper will 
absorb or attenuate alpha particles and a thin sheet of metal 
will stop all except the most energetic beta particles. Gamma 
radiations must be attenuated by high-mass materials. 
Absorption. The process by which the number of particles or 
photons entering a body of matter is reduced by interaction of 
the particles with the matter; similarly, the reduction of the 
energy of a particle while traversing a body of matter. 

Alpha decay. A radioactive process that produces a positively 
charged alpha particle. 

Alpha particle. A pos i ti vely ch ar ge d p artic le em i tted by certain 
radioactive materials. It is made up of two neutrons and two 
protons bound together, hence it is identical with the nucleus 
of a helium atom. It is the least penetrating of the three com- 
mon types of radiation (alpha, beta, gamma) emitted by radio- 
active material. 

B ac kgr o u n d r ad iation , The radiatio n in man 1 $ n atur a 1 e n v iron- 
ment, including cosmic rays and radiation from the naturally 
radioactive elements, both outside and inside the bodies of men 
and animals. It is also called natural radiation. The nominal 
level of natural radiation is 100 millirem per year to each 
person. Background radiation may also refer to radiation that 
is unrelated to a specific experiment. 

Beta decay. A radioactive process that produces a beta particle 
with a single unit charge and the mass of an electron. 

Beta particle. An elementary particle emitted from a nucleus 
during radioactive decay, with a single electrical charge and 
a mass equal to 1/1,837 that of a proton. A negatively charged 
beta particle is identical to an electron. A positively charg- 
ed beta particle is called a pgsitron. All except the most ener- 
getic beta particles are easily stopped by a thin sheet of metal. 
Binding energy. The binding energy of a nucleus is the mini- 
mum energy required to dissociate it into its component neu- 
trons and protons. Neutron or proton binding energies are 
those required to remove a neutron or a proton, respectively, 
from a nucleus. Electron binding energy' is that required to 
remove an electron from an atom or a molecule. 

Biological dose. The radiation dose absorbed in biological ma- 
terial; it is measured in rerns. 
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Biological shield. A mass of absorbing material placed around 
a reactor or radioactive source to reduce the radiation to a 
level that is safe for humans. 

Boiling- water reactor. A reactor in which water, used as both 
coolant and moderator, is allowed to boil to remove heat from 
the core. 

Breeder reactor. A reactor that produces fissionable fuel as 
well as consuming it, especially one that creates more than it 
consumes. The new fissionable material is created by capture 
in fertile materials of neutrons from fission, The process by 
which this oceurs is known as breeding. 

Breeding ratio. The ratio of the number of fissionable atoms 
produced in a breeder reactor to the number of fissionable 
atoms consumed in the reactor. Breeding gain is the breeding 
ratio minus one. 

Burnable poison. A neutron absorber (or poison), such as bo- 
ron, which, when purposely incorporated in the fuel or fuel 
cladding of a nuclear reactor, J, bums up ,K (is changed into 
non absorbing material) gradually under neutron irradiation. 
This process compensates for the loss of reactivity that occurs 
as fuel is consumed and fission -product poisons accumulate, 
and keeps the overall reactivity characteristics of the reactor 
nearly constant during its life. 

Capture. A process in which an atomic or nuclear system ac- 
quires an additional particle; for example, the capture of elec- 
trons by positive ions, or the capture of neutrons by nuclei. 

Chain reaction. A reaction that stimulates its own repetition. 
In a fission chain reaction a fissionable nucleus absorbs a 
neutron and fissions, releasing additional neutrons. These in 
turn can be absorbed by other fissionable nuclei, releasing still 
more neutrons. A fission chain reaction is self-sustaining when 
the number of neutrons released in a given time equals or 
exceeds the number of neutrons lost by absorption in fis- 
sioning and nonfissioning material and by escape from the 
system. 

Chemical shim. Chemicals, such as boric acid, that are intro- 
duced into a core via the coolant to control the reactor. Chemi- 
cal shims are used in conjunction with mechanical control rods 
to reduce the number of rods needed and to create a more 
uniform power distribution in the core. 

Cladding. Outer protective jacket of nuclear fuel elements. 
Cladding prevents the corrosion of the fuel, gives structural 
strength to the fuel, and prevents the release of fission prod- 
ucts* Common cladding materials are aluminum alloys, stain- 
less steel, and zirconium alloys. 

Collision. A dose approach of two or more particles, photons, 
atoms, or nuclei, during which such quantities as energy, mo- 
mentum, and charge may be exchanged. 

Containment. A gastight shell or other enclosure around a 
reactor to confine fission products and other radioactive mate- 
rials that otherwise might possibly be released in the event of 
an accident. 

Control rod. A rod, plate, or tube containing a material (haf- 
nium, boron, etc.) that has a large neutron absorption cross 
section and hence readily absorbs neutrons. Control rods are 
used to control the power of a nuclear reactor. By absorbing 
neutrons, a control rod prevents the neutrons from causing 
further fission. 

Core. The central portion of a nuclear reactor that contains the 
fuel elements, control rods, and passages for the moderator 
and coolant to flow through. 

Critical energy. The minimum neutron energy that will over- 
come the binding energy of the nucleus and cause fission to 
occur. 


Critical mass. The smallest mass of fissionable material that 
will support a self-sustaining chain reaction (multiplication 
factor equal to one) under stated conditions* 

Cross section. The probability that a nuclear reaction will oc- 
cur as an oncoming particle travels through an atom. It is a 
measure of the effective area presented by a target nucleus 
and is measured in barns. The cross-section value for a given 
atomic isotope will depend on the type of oncoming particle 
and the energy of the particle. Cross sections are calculated 
for fission, absorption, scatter, and capture. 

Curie. The basic unit used to describe the intensity of radioac- 
tivity in a sample of material. The curie is equal to 37 billion 
disintegrations per second, which is approximately the rate of 
decay of I gram of radium. This unit was named for Marie and 
Pierre Curie, who discovered radium in 1898. 

Decay heat. The heat produced in the core by the continuing 
decay of accumulated fission products after the reactor has 
been shut down. The energy from decay heat can equate to 
7% of the reactor output under some conditions. Therefore, 
core cooling must be provided after the reactor is shut down; 
otherwise, the temperature rise could cause severe fuel plate 
damage. 

Delayed neutrons. Neutrons emitted by radioactive fission 
products in a reactor over a period of seconds or minutes 
after a fission takes place. Fewer than 1% of the neutrons are 
delayed, the majority being prompt neutrons. Delayed neu- 
trons are important considerations in reactor design and 
control. 

Depleted uranium. Uranium having a smaller percentage of 
uranium-235 than the 0.7% found in natural uranium. It is 
obtained from the spent (used) fuel elements or as a residue 
from uranium isotope separation* 

Deuterium. An isotope of hydrogen whose nucleus contains 
one neutron and one proton and is therefore about twice as 
heavy as the nucleus of normal hydrogen, which Is only a 
single proton. Deuterium is often referred to as heavy hydro- 
gen; it occurs naturally as 1 atom to 6,500 atoms of normal 
hydrogen. It is nonradioactive. 

Direct-cycle reactor system. A nuclear power plant system in 
which the coolant or heat-transfer fluid circulates first 
through the reactor and then directly to an energy extraction 
device such as a turbine. 

Doppler effect. The shift with temperature of the interaction 
rate between neutrons and reactor materials, including fuel 
rods, structural materials, and fertile materials. This shift can 
affect appreciably the reactivity of reactors. 

Dose rate. The radiation dose delivered per unit time, which is 
typically measured in rems per hour. 

Electron volt. The amount of kinetic energy gained by an elec- 
tron when it is accelerated through an electrical potential dif- 
ference of 1 volt It is equivalent to 1.603 x 10~^ erg. If is a 
unit of energy', or work, not of voltage. 

Enriched material. Material in which the percentage of a given 
isotope present has been artificially increased so that it is 
higher than the percentage of that isotope naturally found in 
the material Enriched uranium contains more of the fission- 
able isotope uranium-235 than the naturally occurring percent- 
age (0.7%). 

Excess reactivity. The amount of reactivity that exceeds the 
amount needed to achieve criticality. Excess reactivity is incor- 
porated into the reactor by using extra fuel to compensate for 
fuel burnup and the accumulation of fission-product poisons 
throughout core life. 

Exclusion area. An area immediately surrounding a nuclear 
reactor where human habitation is prohibited to assure safety 
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in the event of an accident or to assure safety during normal 
operations. 

Excursion. A sudden, very rapid rise in the power level of 
a reactor caused by supercriticality. Excursions are usually 
quickly suppressed by the negative temperature coefficient of 
the reactor or by automatic control rods or by both. 

Fast neutron. A neutron with kinetic energy greater than 
100,000 electron-volts. Most neutrons released from fission 
are fast neutrons. 

Fast reactor, A reactor in which the fission chain reaction is 
sustained primarily by fast neutrons rather than by thermal 
or intermediate neutrons. Fast reactors contain little or no 
moderator to slow down the neutrons from the speeds at which 
they are ejected from fissioning nuclei. Fast reactors are usu 
ally linked to breeder reactors* 

Fissile material While sometimes used as a synonym for fis- 
sionable material, this term has also acquired a more restricted 
meaning; namely, any material fissionable by neutrons of all 
energies, including (and especially) thermal (slow) neutrons as 
well as fast neutrons — for example, uranium-235 and plutoni* 
um-239. 

Fission. The splitting of a heavy nucleus into two or more parts 
(which are nuclei of lighter elements), accompanied by the 
release of a relatively large amount of energy and generally 
one or more neutrons. Fission products are frequently radioac- 
tive, Fission can occur spontaneously, but usually is caused by 
incoming neutrons, or other particles. 

Fission products. The nuclei (fission fragments) formed by 
the fission of heavy elements and the nuclides formed by the 
radioactive decay of fission fragments. 

Fuel cycle. The series of steps involved in supplying fuel for 
nuclear power reactors. It includes mining, refining* enriching, 
the original fabrication of fuel elements, their use in a reactor, 
chemical processing to recover the fissionable material re- 
maining in the spent fuel, re-enrichment of the fuel material, 
and refabrication into new fuel elements. 

Fuel element A rod, tube, plate, or other mechanical shape or 
form into which nuclear fuel is fabricated for use in a reactor. 

Fusion. The formation of a heavier nucleus from two lighter 
nuclei (such as hydrogen isotopes), with the attendant release 
of energy. 

Gamma rays. High-energy, short-wavelength electromagnetic 
radiation. Gamma radiation frequently accompanies alpha and 
beta emissions and always accompanies fission. Gamma rays 
are very penetrating and are best stopped or shielded against 
by dense materials, such as lead or depleted uranium. Gamma 
rays are essentially similar to X-rays, but are usually more 
energetic and are nuclear in origin* 

Half-life. The time in which half the atoms of a particular 
radioactive substance disintegrate to another nuclear form. 
Measured half-lives vary from millionths of a second to billions 
of years. 

Heavy water. Water containing significantly more than the 
natural proportion (one in 6,500) of heavy hydrogen (deute- 
rium ) atoms to ordinary hydrogen atoms, Heavy water is used 
as a moderator in some reactors because it slows down neu- 
trons effectively and also has a low cross section for the*ab~ 
sorption of neutrons, 

Intermediate (epithermal) neutron. A neutron having energy 
greater than that of a thermal neutron but less than that of a 
fast neutron. The range is generally considered to be between 
about 0,5 and 100,000 electron volts. Some neutrons are born 
with this energy, but most are in transition to thermal neu- 
trons. 

Ion. An atom or molecule that has lost or gained one or more 
electrons. By this ionization it becomes electrically charged. 


Examples: an alpha particle, which is a helium atom minus 
two electrons; a proton, which is a hydrogen atom minus its 
electron. 

Ionization chamber. An instrument that detects and measures 
ionizing radiation by measuring the electrical current that 
flows when radiation ionizes gas in a chamber, making the gas 
a conductor of electricity. 

Isotope, One or two or more atoms with the same atomic num- 
ber (the same chemical element) but with different atomic 
weights. Isotopes usually have very nearly the same chemical 
properties, h|it somewhat different physical and nuclear prop- 
erties. 

Leakage, The escape of neutrons from a reactor core. Reduc- 
ing leakage improves the reactivity of a reactor. 

Man-made radiation. Radiation exposure that includes radia- 
tion produced for medical and other purposes. 

Maximum credible accident. The most serious reactor acci- 
dent that can reasonably be imagined from any adverse combi- 
nation of equipment malfunctions, operating errors, and other 
foreseeable causes. The term is used to analyze the safety 
characteristics of a reactor. Reactors are designed to be safe 
even if a maximum credible accident should occur. 

Moderator. Material used in a nuclear reactor to moderate, 
that is, slow down, neutrons from the high energies at which 
they are released. Neutrons lose energy by scattering colli- 
sions with nuclei of the moderator. A good moderator has a 
high scattering cross section and low atomic weight. In each 
collision there is a chance of absorption. To reduce this loss 
of neutrons during the slowing-down process, the moderator 
atoms also should have a low neutron-absorption cross section. 
A high scattering cross section implies frequent collisions; 
these give the neutron a better chance of being slowed down 
before it is captured and also reduce the average net distance 
traveled in slowing down so that leakage is reduced. Some 
practical materials are carbon (used in the form of graphite), 
beryllium and its compounds, and water. 

Molecule. A group of atoms held together by chemical forces, 
and the smallest unit of matter which can exist by itself and 
retain all of its chemical properties. 

Multiplication factor. The ratio of the number of fissions in 
one generation divided by the number of fissions in the preced- 
ing generation. When the multiplication factor is 1, the number 
of fissions and the energy released remain constant with time, 
and the reactor is defined as being critical. 

Natural circulation reactor. A reactor in which the coolant 
(usually water) is made to circulate without pumping, that is, 
by natural convection. 

Neutron, An uncharged elementary particle that has a mass 
slightly greater than that of the proton and is found in the 
nucleus of every atom heavier than hydrogen. A neutron is 
stable as long as it is bound to an atomic nucleus, A free 
neutron is unstable and decays with a half-life of about 13 
minutes into an electron, proton, and neutrino. Neutrons sus- 
tain the fission chain reaction in a nuclear reactor. 

Neutron capture. The process in which an atomic nucleus ab- 
sorbs or captures a neutron. The probability that a given mate- 
rial will capture neutrons is measured by its neutron capture 
cross section, which depends on the energy of the neutrons 
and on the nature of the material. 

Neutron economy. The degree to which neutrons in a reactor 
are used for desired ends instead of being lost by leakage 
or nonproductive absorption. The desired ends may include 
propagation of the chain reaction, converting fertile to fission- 
able material, or producing isotopes. 
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Neutron flux, A measure of the intensity of neutron radiation. 
It is the number of neutrons passing through one square centi- 
meter of a given target in one second. Expressed as nv t where 
n is the number of neutrons per cubic centimeter and v their 
velocity in centimeters per second. 

Nuclear reactor. A device designed to allow a fission chain 
reaction to be maintained in a controlled manner. The basic 
components of a nuclear reactor are the fuel, moderator, re- 
flector, coolant, shielding, and control medium contained inside 
a pressure vessel. 

Plutonium (Pu). A heavy, radioactive, man-made metallic ele- 
ment with atomic number 94. Its most important isotope is 
fissionable plutonium-239, produced by neutron irradiation of 
uranium-238, It is used for reactor fuel and in weapons. 

Poison. Any material of high absorption cross section that, ab- 
sorbs neutrons unproductively and hence removes them from 
the fission chain reaction in a reactor, thereby decreasing its 
reactivity. 

Power density. The rate that energy is generated in the reactor 
core per unit volume. Power density is usually measured in 
watts per cubic meter. 

Pressure vessel. A sturdy container housing the core of most 
types of power reactors; it usually also contains the moderator, 
reflector, thermal shield, and control rods. 

Pressurized -water reactor (PWR). A power reactor in which 
heat is transferred from the core to a heat exchanger by water 
kept under high pressure to achieve a high temperature with- 
out boiling in the primary system. Steam is generated in a 
secondary circuit. Many reactors producing electric power are 
pressurized-water reactors. 

Prompt criticality, A reactor state when criticality is sustained 
solely by prompt neutrons, that is, without the presence of 
delayed neutrons. In this state, reactor control is compromised 
as the reactor period is reduced to microseconds. 

Prompt neutrons. Neutrons that are emitted essentially at the 
instant of fission and account for more than 99% of all fission 
neutrons. The lifetime of a prompt neutron is several micro- 
seconds. 

Rad* The basic unit of absorbed dose of ionizing radiation. A 
dose of one rad means the absorption of 100 ergs of radiation 
energy per gram of absorbing material. 

Radioactive decay* The lowering of the energy state of an 
unstable nucleus to one that is more stable with an accompa- 
nying release of particles or energy. Common forms are alpha, 
beta, and gamma. A decay chain describes several sequential 
decays that result in a stable nucleus. 

Radioisotope. A radioactive isotope. An unstable isotope of an 
element that decays or disintegrates spontaneously, emitting 
radiation. More than 1,300 natural and artificial radioisotopes 
have been identified. 

Reactor period. The time required for the neutron population 
to increase by a specified factor. 

Reactivity. A measure of the departure of a nuclear reactor 
from criticality. It is about equal to the effective multiplication 
factor minus one and is thus precisely zero at criticality* If 
there is excess reactivity (positive reactivity), the reactor is 
supercritical and its power will rise. Negative reactivity (sub- 
criticality) will result in a decreasing power level 

Reflector. A layer or structure of material surrounding the 
core of a reactor to reduce the leakage of neutrons. The reflec- 
tor is located between the core and the shield. Neutrons enter- 
ing the reflector are scattered randomly, some of them many 
times; and a large fraction of them ultimately may return to 
the core. It is possible to design a reflector such that more 
than 90% of the neutrons that would be lost may be returned. 


The returned neutrons can then cause more fissions and im- 
prove the neutron economy of the reactor. Common reflector 
materials are graphite, beryllium, and natural uranium. 

Rem, The unit of dose of any ionizing radiation which produces 
the same biological effect as one roentgen of absorbed dose 
of ordinary X-rays. Radiation tolerance is usually expressed 
in millirems per week or year. 

Resonance. The phenomenon whereby particles such as neu- 
trons exhibit a very high interaction probability with nuclei at 
specific kinetic energies of the particles. Cross sections for 
neutron capture and scattering, for example, exhibit peaks 
at these so-called resonance energies and have relatively low 
values between the peaks, 

Roentgen, A unit of exposure to ionizing radiation. It is that 
amount of gamma or X-rays required to produce ions carrying 
one electrostatic unit of electrical charge (either positive or 
negative) in one cubic centimeter of dry air under standard 
conditions. Named after Wilhelm Roentgen, the German scien- 
tist who discovered X-rays in 1895. 

Safety rod. A standby control rod that can be used to shut 
down a nuclear reactor rapidly in an emergency. 

Scram. The sudden shutdown of a nuclear reactor, usually by 
the rapid insertion of the safety rods* Emergencies or devia- 
tions from normal reactor operations cause the reactor opera- 
tor or automatic control equipment to scram the reactor. 

Seed (and blanket) core. A reactor core which include s a rela- 
tively small volume of highly enriched uranium (the seed) sur- 
rounded by a much larger volume of natural uranium or tho- 
rium (the blanket). As a result of fissions in the seed, neutrons 
are supplied to the blanket where more fissions take place. In 
this way, the blanket is made to furnish a substantial fraction 
of the total power of the reactor. It is also called a spiked core. 

Shield. Any material used to reduce the amount of radiation 
reaching one region of space from another region of space* 

Special nuclear material. In atomic energy law, this term re- 
fers to plutonium-239, uranium-233, uranium containing more 
than the natural abundance of uranium-235, or any material 
artificially enriched in any of these substances. 

Tern per a t u re co e ffici ent o f reactivity. The ch ange in a re actor 
reactivity (per degree of temperature) occurring when the op- 
erating temperature changes* The coefficient is positive when 
an increase in temperature increases the reactivity, and nega- 
tive when an increase in temperature decreases reactivity. 
Negative temperature coefficients are desirable because they 
help to prevent power excursions. 

Thermal neutron. A neutron in thermal equilibrium with the 
substance in which it exists; most commonly, a neutron with 
a kinetic energy that is less than 0.5 electron volts. 

Thermal reactor* A reactor in which the fission chain reaction 
is sustained primarily by thermal neutrons. Most reactors are 
thermal reactors; this is because the fission cross section of 
uranium-235 is about one hundred times greater for thermal 
neutrons than for fast neutrons. 

Thorium. A naturally radioactive element with atomic number 
90 and, as found in nature, an atomic weight of approximately 
232. The fertile thorium-232 isotope is abundant and can be 
transmuted to fissionable uranium-233 by neutron irradiation. 

Uranium, A metal symbol U, ninety-second element of the 
atomic series. Natural uranium is a mixture principally of the 
isotopes U-235 and U-238, the former being about 1/140 of the 
total. The nucleus of U-235 is capable of absorbing a neutron 
of thermal energy and thereupon undergoing fission into two 
fragments, which fly apart with great energy* The fragments 
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are highly radioactive. Some neutrons are released almost im- 
mediately in each fission (the prompt neutrons). A small frac- 
tion (delayed neutrons) is released later in the radioactive de- 
cay of some of the fission products. The fact that fission is 
induced by one neutron but releases more than one makes 
possible a chain reaction. The fact that some are delayed sim- 
plifies control problems. The proportion of U-235 in natural 
uranium may be increased artificially by any of several pro- 
cesses, of which gaseous diffusion is the most important. The 
resulting material is called enriched uranium. U-238, which 
occasionally undergoes fission with fast neutrons, may absorb 
slower neutrons and, decaying through the intermediate ele- 
ment neptunium, yield plutonium, which is fissionable and can 
be separated from uranium by chemical methods. 

Xenon. A naturally occurring element with atomic number 54. 
One isotope, xenon -135, is produced by fission or the decay of 
the fission fragment iodine-135 and has a neutron absorption 
cross section larger than the fission cross section of uranium- 
235. It, therefore, acts as a reactor poison by reducing the 
neutron flux. 

Xenon effect. In a light- water reactor, xenon-135 is continu- 
ously produced and burned out. During steady-state opera- 
tions, the xenon level reaches an equilibrium level after about 
40 hours of operation. However, after a reactor shutdown, 
xenon-135 continues to be produced from iodine-135 and 
reaches a peak level about eleven hours after shutdown. Late 
in core life this xenon effect may preclude reactor criticality 
until the xenon-135 has decayed and there is sufficient excess 
reactivity to overcome the poison buildup. 

\A The Fission Process. In the fission reaction a fuel 
nucleus absorbs a neutron that has sufficient energy to 
break apart the absorbing nucleus; this energy level is 
called the binding energy. The resulting compound nu- 
cleus breaks up into two or more parts with the liberation 
of a considerable amount of energy. At the same time, 
two or three neutrons are usually emitted, mostly (al- 
though not entirely) at the instant of fission. Instanta- 
neous gamma radiation also accompanies the fission pro- 
cess, and beta particles and gamma rays are produced 
over a period of time as the radioactive fission products 
decay. 

The “cross section” of an atom is an important consider- 
ation in the design of a nuclear reactor. The cross section 
of an atom is a measure of its effective area that is pre- 
sented to an incoming particle. This effective area is re- 
lated to the probability of interaction and depends on such 
parameters as the type of particle, particle speed, particle 
energy, and the type of interaction. Cross sections are 
known for most isotopes of atoms, and components of the 
reactor core and structure are chosen with due regard 
for the cross-section information. For example, U-235 is 
chosen for the fuel because it has a much higher fission 
cross section than other isotopes, while the structural ma- 
terials are chosen that have small absorption cross sec- 
tions to minimize the number of neutrons removed frtim 
the fission process in the core. 

If at least one of the neutrons emitted in each fission is 
captured by another fissionable nucleus, a fission chain 
reaction becomes possible. Because of the loss of neutrons 
from the system, a chain reaction can be maintained only 
if the system exceeds a certain “critical” size. This size 
has a definite value for a particular system depending on 


the nature and amounts of the materials present and their 
geometrical configuration. The amount of fuel to be con- 
sumed for energy production must be present in addition 
to the “critical 11 quantity since this is the essential mini- 
mum. Although a reactor consisting largely of pure fis- 
sionable material (uranium-235 or plutonium-239) can 
have a critical size that is smaller than a football, the 
nonfissionable content of practical power-production reac- 
tors may result in cores containing from several hundred 
pounds to several tons of material. If the amount is less 
than the critical, the fission chain cannot be maintained 
and there can be no continuous production of energy. 

The kinetic energy of neutrons emitted in fission is very 
high; however, the fission cross sections of fissionable 
materials are very much lower at high neutron energy 
levels than at lower levels. In their passage through mat- 
ter, neutrqns collide with atomic nuclei and scattering 
occurs in which there is a transfer of energy from the fast 
neutrons to other relatively slow-moving nuclei. There- 
fore, in most reactors the “fast” neutrons are slowed 
down to “thermal” energy levels to increase the probabil- 
ity of a fission capture. The material used to slow down 
the fast neutrons is called a moderator. The process of 
slowing down as a result of scattering collisions is re- 
ferred to as moderation. The neutrons must be slowed 
quickly to increase the probability that they will produce 
further fissions and not be absorbed by nonfissioning 
atoms or lost by leakage. A good moderator is a material 
that reduces the speed of fast neutrons in a small number 
of collisions so as to increase the probability of fissile 
captures. Consequently, materials consisting of atoms of 
low mass number and a high scattering cross section are 
the best moderators. Ordinary water, heavy water, beryl- 
lium oxide, and carbon (i,e., graphite) have been employed 
as moderators. Without a moderator the inventory of fis- 
sionable material required to maintain a chain reaction 
would be significantly increased. 

An important element of core design is the use of reflec- 
tors to return leaking neutrons to the core, to improve 
neutron economy, and therefore to reduce the amount of 
U-235 required to sustain a chain reaction. Reflectors, like 
moderators, are made of materials with high scattering 
cross sections but are configured to redirect neutrons that 
are leaving the core, back towards the active core region. 

1,5 Types of Fissionable Material, A nuclear reactor 
consists of fuel containing fissionable material a modera- 
tor to slow down neutrons (except in the case of fast 
reactors), a coolant to remove the heat generated by fis- 
sion, a neutron absorber or neutron leakage control de- 
vice, and the necessary structural materials. Although the 
fuel form is different for various types of reactors and is 
closely associated with the characteristics of the reactor 
coolant, practical considerations limit the choice of the 
fuel material subject to fission to three possibilities; these 
are uranium-235, uranium-233 (an artificial material pro- 
duced in a reactor by irradiation of the fertile material 
thorium), and plutonium-239 (an artificial material re- 
sulting from the conversion of the essentially nonfission- 
able U-238 by neutron absorption). 
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1.6 Conversion ond Breeding. Uranium-235 is the 
only fissionable material occurring in nature to any appre- 
ciable extent. Since natural uranium contains only 0.7% 
of uranium-235, it is expected that the use of nuclear 
reactors for power production will eventually consume 
the available uranium-235, Since nearly 140 times more 
nonfissionable uranium-238 is available than is the fission- 
able uranium-235, it is of major significance to consider 
ways in which uranium- 238 could be utilized for power 
production. In plutonium production reactors, such as 
those operated by the U.S. Department of Energy at Sa- 
vannah River, excess fission neutrons are captured by 
fertile uranium-238, and, via a beta decay chain, uranium- 
238 is converted into plutonium-239, which has a high 
fission cross section. Using this procedure, high -concen- 
tration uranium-238 cores actually create fuel as fuel is 
consumed. 

Although not feasible for marine propulsion applica- 
tions, a prospect of great interest is that of a regenerative 
reactor with a conversion efficiency exceeding 100% 
where more fissionable material is produced than is con- 
sumed in maintaining the fission chain; this process is 
known as “breeding.” Through the operation of breeder 
reactors, the stockpile of fissionable material can be in- 
creased until essentially no more uranium-238 remains. 

1.7 Radioactive Decay. In a nuclear reactor the fis- 
sion process results in the liberation of energy and also 
the emission of nuclear radiation of different kinds. In 
general, the remarkably large amount of energy released 
in fission (about 200 MeV per fission-nucleus) manifests 
itself in the form of heat that results from the kinetic 
energy of fission fragments. The radioactive decay, neu- 
tron reactions, and radioactive emissions are not produc- 
tive in a reactor that is primarily intended to produce 
power and must be dealt with by the shielding, the reactor 
operating characteristics, or otherwise in the design of 
the reactor. 

The majority of the elements that occur naturally are 
stable except for several elements of high atomic weight, 


such as radium. An unstable element undergoes spontane- 
ous radioactive disintegration at a definite rate with the 
emission from the nucleus of an electrically charged parti- 
cle (either an alpha particle, i.e., a helium nucleus, or a beta 
particle, i.e,, an electron). Often, the products of decay are 
themselves radioactive, expelling either an alpha or a beta 
particle. After a number of stages of disintegration, an 
atomic species with a stable nucleus is formed. 

In a given specimen, the rate of decay at any instant 
is always directly proportional to the number of parent 
radioactive atoms of the isotope under consideration pres- 
ent at that instant. For a given radioactive species, every 
nucleus has a definite probability of decaying in a given 
time; this decay probability has a constant value that is 
characteristic of the particular radioisotope. The most 
widely used method for representing the rate of radioac- 
tive decay is by means of the half-life, which is the time 
required for the number of radioactive nuclei of a given 
kind to decay to half its initial value. Because of the expo- 
nential nature of the decay, this time is independent of 
the amount of the radioisotope present 
Gamma rays are the electromagnetic radiation released 
when an excited nucleus emits its excess energy. Gamma 
rays are similar in character to X-rays; they are highly 
penetrating and have short wavelengths. Although the 
term “gamma ray” was originally used to describe the 
electromagnetic radiation that frequently accompanies ra- 
dioactive decay, the definition has now been extended to 
include all electromagnetic radiations of nuclear origin. 
The rays are emitted when a nucleus undergoes transition 
from a higher-energy to a lower-energy state. 

Gamma radiation is described in terms of its photon 
energy; for example, “1-MeV gamma rays.” Apart from 
the fact that X-rays frequently have lower energies, the 
essential difference between gamma rays and X-rays is 
that X-rays are produced outside the atomic nucleus. The 
characteristic X-rays, which as their name implies have 
definite energies (and wavelengths) that are characteris- 
tic of the particular element concerned, result from transi- 
tions between electron energy levels of the atoms. 


Section 2 

Reactor Design Considerations 


2. 1 Basic Reactor Arrangement. Although there are a 
number of special-purpose reactors, all power reactors 
have certain characteristic features. Figure 1 Is a simpli- 
fied schematic diagram that provides a framework for the 
identification of the basic reactor components. 

The fuel (1) is arranged in intimate contact with both 
the coolant and moderator. The fuel is composed of a 
fissionable material, which is protected as necessary (by 
fuel cladding) from corrosion by the coolant and from the 
loss of fission products to the coolant. The moderator (2) 
is a low-mass-density material that slows down the fast 
neutrons formed at fission to an energy range that in- 
creases the probability of a fissile capture by U-235. The 
coolant (3) provides for heat transfer and the removal of 


heat generated in the fuel as necessary to maintain a 
desirable fuel temperature. 

The active core region (4) consists of an assembly of 
fuel, control rods, reflector, and flow orifices in an ar- 
rangement that permits intimate contact of the fuel, mod- 
erator, and coolant. The control rods (5), which are actu- 
ated by external control rod drives (6), are mechanically 
withdrawn from the fuel region to start up or maneuver 
the reactor and are inserted into the fuel region to shut 
down the reactor. The assembly of control rods, fuel, mod- 
erator, and coolant is surrounded by a reflector region, 
which is composed of light and heavy materials that mini- 
mize the loss of neutrons from the system by reflecting 
neutrons back into the active core region. 
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Fig. 1 Simplified ichemotlc diagram of a nuclear reactor (boiling water, pressurized water, organic moder ate d, gas coaled, or sodium cooled) 


Flow orifices (8) are sometimes used to provide a higher 
coolant velocity through the central regions of the core 
than in the outer regions. This may be desirable because 
there is a lower neutron density at the outside of the 
active core region because of neutron leakage. The fuel 
elements in the center region are, therefore, more inten- 
sively cooled than those in the outer fuel region, because 
maximum reactor power is based on the limiting operating 
conditions of the hottest fuel element. 

The active core region (4), its support structure (9), and 
the thermal shield (10) are supported by the reactor pres* 
sure vessel (11), The support structure is minimized in the 
active core region to reduce parasitic neutron capture, 
but the structure must provide sufficient strength and 
rigidity to maintain fuel alignment for control rod entry 
and also to eliminate objectional vibrations of the rela- 
tively flexible fuel elements in the high-velocity coolant. 
The pressure vessel must be strong enough to not only 
maintain the high system pressures (2000 psi for pressur* 
ized-water reactors and 1000 psi for boiling-water reac* 
tors) encountered during normal operation, but also to 
withstand abnormal conditions such as overpower, ther- 
mal shock, mechanical shock, and vibration while main- 
taining integrity against the loss of reactor coolant and 
the loss of control rod alignment. 

The biological shield (12) completely surrounds the reac- 
tor system. The biological shield is provided to reduce 
the radiation levels from the active core region and the 
primary coolant system to acceptable levels as necessary 
to conduct ship operations. 



Fig. 2 Schematic diagram at a pressurized -water reactor power system 


A simplified schematic diagram of a pressurized- water 
power cycle is illustrated by Fig. 2. The reactor vessel 
contains the fuel region and is designed to contain the 
moderator and coolant at a pressure that is sufficiently 
high to suppress boiling. The reactor primary circulation 
pump is used to circulate the primary coolant and over- 
come the system pressure-drop losses. The primary cool- 
ant, which is subjected to radioactive exposure, removes 
heat from the reactor and conveys the heat to the steam 
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generator, where it is used to produce steam in the second- 
ary power cycle. Steam from the steam generator is ex- 
panded in the propulsion turbine to produce power and is 
exhausted to the condenser, where it is condensed and 
then pumped back through the steam generator. The pres- 
surizer maintains the pressure of the primary systems 
within allowable limits. Many additional components are 
required to make a pressurized- water reactor system 
functional; however, Fig. 2 illustrates the basic principles 
involved. 

A major advantage of the primary/ secondary loop con- 
cept is t hat the steam generator forms a boundary that 
isolates the radioactive coolant in the primary loop from 
the steam in the nonradioactive secondary 1 loop, which is 
used to drive the propulsion turbine and is subject to small 
amounts of leakage through packing glands,, etc. 

2,2 Nuclear Fuels. For some applications mixed pluto- 
nium-uranium or thorium fuel forms may have important 
advantages; however, because of its widespread commer- 
cial applications, only uranium will be considered in the 
following. The oxide fuel form is usually selected for low 
enrichments, because it offers good fuel economy, includ- 
ing a low fabrication cost, and has demonstrated a high 
bumup capability. Of major consequence is the very ex- 
tensive background of design and operating experience 
of low-enrichment oxide fuel from central-station reactors 
of the pressurized- water and boiling- water types. 

Uranium dioxide (UOg) is the most common fuel for 
pressurized- water and boiling-water reactors and is usu- 
ally fabricated in a ceramic fuel form by sintering pellets 
at a high temperature. The U0 2 pellets have the usual 
ceramic characteristics of being very hard with a typically 
low thermal conductivity and high melting point; they also 
possess a good chemical stability and have good dimen- 
sional stability when irradiated in service. In addition, U0 2 
fuels generally do not react with water or fuel cladding 
material. They exhibit an ability' to retain fission gas and 
have demonstrated satisfactory operation to burnups of 
economic interest. 

Low-enrichment uranium fuel has the advantage of a 
negative fuel temperature coefficient, which means that 
a reaction will slow" as the temperature increases; this 
facilitates the control of a reaction. It occurs in part be- 
cause of the '‘Doppler broadening” of U-238 neutron cap- 
ture resonance with increased temperature, which is a 
result of the increased random motion of the U-238 nuclei. 
Normally the cross section of an element decreases with 
increasing temperature, but in the case of U-238 there 
is a neutron absorption "resonance” above the thermal 
energy range so that, as the fuel temperature is increased, 
the probability of a nonfission capture of a neutron in U- 
238 is increased. 

Low-enrichment U0 2 fuel is usually fabricated in the 
form of short, small-diameter (0.3 to 0.6 in.) pellets that 
are stacked in either stainless steel or zirconium fuel clad- 
ding. The fuel containers are sealed to prevent a loss of 
fuel or fission products to the reactor coolant, and leakage 
of coolant to the fuel, under all normal operating condi- 
tions. The fuel elements are assembled in fuel bundles 
that consist of a number of fuel rods that are usually 


assembled in basically a square array. Zirconium has some 
advantages as compared to stainless steel because of its 
lower parasitic neutron capture characteristics. 

There is a significant amount of experience with metal* 
lie fuel types from the Naval Reactor Program. These 
fuels are characterized by a high enrichment of U-235. 
Characteristics generally attributed to metal fuels are (!) 
a high heavy-atom density, (2) a significant and reliable 
thermal-expansion coefficient, (3) an amenability to poten- 
tially inexpensive fabrication methods, and (4) a high ther- 
mal conductivity. General disadvantages of metal fuels 
are (I) a low melting temperature, (2) a high rate of radia- 
tion-induced swelling, and (3) a poor high-temperature 
compatibility with austenitic stainless steels, A high ther- 
mal conductivity and a low melting temperature tend to 
offset each other in terms of the specific power attainable, 
but metal fuels have the potential for somewhat higher 
specific powers than do oxides. 

There are other types of fuels that may be considered. 
Uranium carbide fuels do not have as extensive a back- 
ground of experience as either oxide or metallic fuels, and 
for marine propulsion reactors they should be considered 
developmental However, carbide fuels do offer potential 
advantages because of their good nuclear characteristics, 
good thermal conductivity, high heavy-atom density, high 
melting point, and potential for significant increases in 
fuel specific power. Problems that have been identified 
but not completely solved for carbide fuels are the accom- 
modation of irradiation-induced swelling, the carburiza- 
tion of cladding material, and the development of a higher 
conductivity gap between the fuel and cladding as neces- 
sary to take advantage of the improved thermal conductiv- 
ity of the carbide fuel. 

Nitride fuels also have good nuclear characteristics, 
good thermal conductivity, and a high melting point. It 
is expected that nitrides may be more compatible writh 
cladding material than carbides because of the lower 
strength of nitrides. However, because of the lack of re* 
la ted engineering data, uranium nitride fuels should be 
considered even more developmental than carbide fuels. 

2.3 Reactor Coolants. One of the unique engineering 
problems of a nuclear reactor is that, compared with a 
conventional plant, where the maximum temperature is 
limited by the chemical reaction of fuel oxidation and the 
rate of energy release is a direct function of the rate of 
fuel injection, a nuclear reactor has no such limitation. A 
nuclear reactor has a large quantity of energy 7 stored in 
the fuel contained within the reactor, and the maximum 
temperature of the reaction is limited only by the ability 
to remove heat or, more properly, by the correspondence 
between the heat removed from the fuel by the coolant 
and the power level of the fuel as a function of the excess 
reactivity neutronics of the system. This should be recog- 
nized as being true only on a theoretical basis, since for 
powder reactors of interest for marine propulsion the neu- 
Ironies of the system are such that operation at power 
levels above full power results in the removal of the mod- 
erator, which has a negative or "shutdown” effect on the 
reactor, and all major systems are designed to fail safe or 
shut the reactor down. Nevertheless, the point is still valid 
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that generally the most important aspect of reactor design 
is heat removal and the most important single aspect of 
heat removal is the coolant selection. 

The selection of light water as the prime candidate for 
the reactor coolant for a marine reactor is based on a large 
number of considerations, not the least of which is that 
light water has a background of operating and design 
experience obtained in the U.S, Naval Reactor Program, 
all of the merchant nuclear-powered ships that have been 
built, and also a large background of experience from 
pressurized-water and boiling-water reactors in central- 
station nuclear power plants. The technical bases for the 
selection of water are: 

* Water is an excellent moderator, which permits the 
use of nonmoderating reactor internal structure ma- 
terials, 

* Water has good heat-transfer properties and a high 
volumetric heat capacity. 

* Water is readily available at a low cost. 

* Water-moderated reactors can have large negative 
temperature coefficients. 

* Water is noncombustible and relatively insensitive 
to radiation damage, 

* Water provides some lubricating qualities and can 
be pumped efficiently. 

* Water does not freeze in the range of temperatures 
of interest. 

* Water retains many soluble and solid fission prod- 
ucts and generally releases only noble gas fission 
products in the event of a loss of fuel integrity, 

* A water coolant provides the capability of direct 
steam generation in a boiling-water reactor. 

* Water technology is well known and system compo- 
nents are available, reliable, and relatively inex- 
pensive. 

There are, however, a number of disadvantages of wa- 
ter as a reactor coolant. As more advanced technology is 
developed, it is probable that water will be replaced by a 
reactor coolant that will permit more compact reactors. 
The general limitations associated with the use of water 
as a reactor coolant are: 

* Water reacts with metallic uranium and may have 
chemical reactions with other fuel forms under some 
conditions, 

■ Water may react with fuel cladding or other reactor 
construction materials at high temperatures, 

* Water must be pressurized to be maintained in the 
liquid phase at temperatures above 212 F; this re- 
quires high system pressures at temperatures of 
interest. 

* The primary system must be shielded against radio- 
activity from short-lived neutron activation of corro- 
sion products carried with primary coolant water 
into the active core region, 

A number of gases are also candidate reactor system 
coolants; however, most of the possibilities can be elimi- 
nated, either by chemical or metallurgical evaluations {air, 


hydrogen, carbon monoxide) or by heat-transfer consider- 
ations (neon, argon). Properties of gases that are suitable 
for reactor cooling are given in Table 1 [14]. 

In addition to relatively poor heat transfer, argon also 
has problems of neutron activation, and neon is very ex- 
pensive. Nitrogen has a high neutron-absorption cross 
section and might cause nitriding at high temperatures. 
Thus, the list of gaseous coolants of interest for marine 
propulsion can be reduced to carbon dioxide (C0 2 ), helium, 
and steam. From purely thermal and cost standpoints, 
there appears to be little choice between C0 2 and helium. 
C0 2 cooling leads to higher core pressure drops, high fuel 
ratings, and greater potential for flow-induced vibrations. 
The biggest advantage of steam as a reactor coolant is 
that it provides a gaseous coolant with a system utilizing 
the large background of light-water reactor technology 
and maripe propulsion experience with steam systems. 
The steam-cooling technology is simple in that steam- 
cooled redctors operate on a direct cycle where primary 
heat exchangers are not required. This could be very im- 
portant from a weight point of view. Additional incentives 
include the inert chemical nature of the coolant, the possi- 
bility of flooding the reactor with a transparent medium 
(water) during refueling and maintenance operations, and 
the possibility of using water spray systems for emer- 
gency cooling. 

Disadvantages of steam-cooled reactors include the 
high operating pressure and high velocity flow of the 
coolant, and safety problems arising from the possibility 
of loss-of-coolant or depressurization accidents. 

Incentives for using helium as a reactor coolant include 
the fact that helium does not undergo a change in phase 
during the power cycle (unlike water), and since helium 
remains a gas for the entire power cycle, better thermal 
efficiencies are achieved. Advances in fuel design for gas 
reactors have improved the retention of fission products 
in the fuel. The use of helium as the reactor coolant results 
in reduced shielding requirements and lower exposure 
levels for personnel. In fact, exposure levels are lower in 
gas reactors by a factor of ten when compared with light- 
water reactors. Another incentive for using helium is the 
availability of system components, including helium circu- 
lators, steam generators, and helium piping, which draw 
heavily on technology from existing plants such as the 
advanced gas-cooled reactors, operational high-tempera- 
ture gas-cooled reactors, and the developmental modular 
high-temperature gas-cooled reactors coupled with closed- 
cycle gas turbines [15]. Disadvantages of a helium-cooled 
marine propulsion reactor include the high operating pres- 
sure of the coolant and the safety problems arising from 
the possibility of loss-of-coolant or depressurization acci- 
dents. Considerable developmental work on gas-cooled re- 
actor systems has been done by the U.S. Maritime Admin- 
istration on the Maritime Gas Cooled Reactor [15]. 

Reactor coolants other than gases and water are also 
feasible. Liquid-metal coolants have a number of advan- 
tages, with the most significant one being excellent heat- 
transfer properties that could permit the achievement of 
highly compact reactor power systems [16]. However, for 
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Table 1 Properties of gases suitable far reactor cooling 


Gas 

H s 

He 

N* 

Air 

CO 

O 

O 

A 

Molecular weight 

Thermal conductivity, Btu/hr-ft s -F/ft 

2 

4 

28 

29 

28 

44 

40 

200 F 

0.125 

0.097 

0.018 

0.018 

0.017 

0.013 

0,012 

700 F 

0.199 

0.135 

0,028 

0,028 

0.027 

0.028 

0.018 

1330 F 


0.172 

0.037 

0.039 


0.042 

0.025 

Viscosity, cent! poises at: 

200 F 

0.010 

0.023 

0.020 

0,021 

0.020 

0.017 

0.027 

700 F 

0.015 

0.033 

0.031 

0.032 

0.031 

0.02S 

0.041 

1330 F 

Specific heat, Btii/lb-F, at: 

0.020 

0.044 

0.041 

0.042 

0,044 

0,041 

0.054 

200 F 

3.47 

1.24 

0.249 

0.241 

0.250 

0.217 

0. 124 

700 F 

3.51 

1.24 

0,259 

0,254 

0,262 

0,262 

0,124 

1330 F 

3.60 

1.24 

0,279 

0.272 

0.283 

0.295 

0.124 

Density at STP, lb/ft 3 . . 

Volumetric specific heat at STP, 

0.0052 

0.0104 

0.0727 

0,0748 

0.0727 

0,114 

0.104 

Btu/ft^F 

Relative heat transfer coefficient 

0.0178 

0.0129 

0.0IS0 

0.0179 

0.0180 

0,0238 

0.0129 

compared to He for same gas 
temperature and same power output 

1,19 

1.00 

0.73 

0.73 

0,72 

0,79 

0.68 

Relative pumping power compared to 








He for same gas temperature and 
same power output 

0.17 

1.00 

2.2 

2.2 

2,2 

0.88 

10 

Relative pumping power compared 








to He. 

0.17 

1.0 

4.0 

4,0 

4,0 

1.8 

24 

Relative cost of gas per 1000 ft 3 at STP 

6 

22.7 

10 

0 

60 

5 

40 

Relative total activity . 

4.53 X 10-* 

IS. 5 

9294 

7225 

0.51 

1.0 

1392 

Relative gamma activity. 

0 

0 

0.0450 

1284 

0.5 

1.0 

137,065 


commercial marine propulsion applications liquid-metal- 
cooled reactors should be considered developmental. It is 
expected that when liquid-metal fast-breeder reactors 
have been demonstrated by land-based central-station ap- 
plications, liquid-metal-cooled reactors for marine propul- 
sion will be seriously reconsidered. A considerable amount 
of liquid-metal technology was developed by the Naval 
Reactor Branch, AEG on the Submarine Intermediate Re- 
actor Development (SIR) program. A liquid-metal-cooled 
reactor was used on the second nuclear-powered subma- 
rine in the U.S. Navy, the Seawolf, and has been used on 
several classes of Russian submarines. 

Organic moderated and cooled reactor systems have 
also been considered. Based on the same arguments pre- 
sented in the previous paragraph, these systems continue 
to be too developmental to be considered for marine pro- 
pulsion. 

2*4 Reactor Control. In order to be a useful method 
of providing energy, a nuclear reactor must be under 
complete control during start-up, shutdown, and steady- 
state operating conditions. Unlike most large commercial 
reactors that operate at the same power level for extended 
time periods, the power level of propulsion reactors must 
be constantly adjusted to meet changing ship speed re- 
quirements. An additional consideration, which compli- 
cates reactor control, is the fact that nuclear fuel cannot 
conveniently be replaced as it is used; this means that the 
total amount of fissionable material needed to produce 
the power required between refuelings must be loaded in 
the reactor at one time. The amount of fuel loaded must 
include sufficient fuel to constitute a “critical mass,” fuel 
to produce power, and fuel to overcome poison effects. 
The critical mass is the minimum amount of fuel in the 
core necessary to keep the reactor critical throughout the 


core life. The power fuel is used to provide propulsion 
and other shipboard power loads. Since the excess fuel at 
start-up provides reactivity in excess of that required to 
maintain criticality, an essential aspect of reactor control 
is to provide margin for shutdown at all conditions. This 
is achieved by the addition of poisons and the use of con- 
trol rods and chemical shims. 

Burnable poisons are added to the core at initial core 
loading to “burn out” under neutron irradiation at a rate 
that compensates for fuel use. Poisons are atoms with 
larger cross sections for neutron absorption than the fuel. 
Adding poisons such as boron, therefore, reduces the 
overall reactivity of the core at the beginning of core life. 
But since the poisons are quickly burned out, their use 
allows for a greater fuel loading for a given power output 
and thereby helps to lengthen core life. This also helps to 
create a more even neutron flux distribution throughout 
core life. Fission-product poisons are the result of the 
fission process and act as neutron absorbers. Xenon-135 
and samarium-149 are two fission-product poisons that 
build to appreciable levels in the core and must be taken 
into consideration when designing the core. Since fission- 
product levels and their effect on reactivity are dependent 
on power level, reactor control must be established for all 
possible levels of burnable and fission-product poisons. 
Unless power levels stay constant for greater than ap- 
proximately eleven hours, the concentration of xenon con- 
tinuously changes; consequently, the reactivity of the core 
also changes continuously. 

Two common methods of reactivity control involve the 
use of control rods and chemical shims. Control rods are 
rods, or plates, that contain a material, usually hafnium 
or boron, which has a large neutron absorption cross sec- 
tion and hence readily absorbs neutrons. In addition to 
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their use in regulating reactor output, control rods are 
also mechanically withdrawn or inserted in the core to 
compensate for changes in the reactor properties through- 
out core life. For all reactor designs, the control rod drive 
system is designed such that any system failure, such as 
a loss of power, causes the control rods to be fully inserted 
into the core, thereby ensuring reactor shutdown. In order 
to reduce the number of moving control rods, chemical 
shims can also be used* A chemical shim is a neutron* 
absorbing chemical such as boric acid, which is used in 
varying concentrations in the moderator or coolant to ad- 
just the reactivity of the core. The concentration of the 
boric acid is controlled by the operator; and since the 
poison is carried by the coolant, the poison reduces reactiv- 
ity equally throughout the core* 

Another important aspect of reactor control is the tem- 
perature coefficient of reactivity or the amount of reactiv- 
ity change per degree of temperature change. The temper- 
ature coefficient is a design parameter and is dependent 
on the size and shape of the core* A positive temperature 
coefficient indicates that an increase in temperature re* 
suits in additional reactivity* A positive coefficient is unde- 
sired and can create a dangerous situation, since as the 
temperature rises, there is more reactivity, which raises 
the temperature further and adds yet more reactivity, 
which could eventually lead to a catastrophic failure. A 
negative temperature coefficient, however, facilitates re- 
actor stability; in this case as the temperature rises, reac- 
tivity is reduced, which lowers the reactor power, lowers 
temperatures, and helps to maintain the plant within op- 
erating parameters* 

A negative temperature coefficient is highly desirable 
in plants that are designed so that reactor power follows 
steam demand* As the propulsion throttles are opened, 
more steam is removed from the steam generator, which 
in turn lowers the temperature of the return leg of the 
primary loop into the core. This adds positive reactivity, 
which raises the power level and heats up the temperature 
of the primary coolant traveling back into the s team gen- 
erator* This self-stabilizing effect continues until the en- 
ergy transferred across the steam generator is equal to 
the energy transferred from the reactor to the coolant* 

Light-water reactors are designed to have a negative 
moderator temperature coefficient. Therefore, a cold reac- 
tor that is critical but has not reached operating tempera- 
ture will be subcritical at operating temperature* Al- 
though this provides good operating characteristics, 
depending upon the magnitude of reactivity swing be- 
tween hot and cold conditions, it does require sufficient 
excess reactivity control (i.e*, control rods) to shut down 
in the cold condition* 

The reactor control provisions are designed to safely 
operate the reaetor during all stages of core life and at 
all power levels. As described, a system with a negative 
temperature coefficient inherently facilitates the stabili- 
zation of steam demand and reactor output while main- 
taining design core parameters* As the core ages and fuel 
burns out, control rods and chemical shims are used to 
maintain the design core parameters, to overcome the 
effects of fission-product concentrations and fuel burnout 


on the primary plant temperatures, and to ensure that the 
reactor can be shut down during all operational condi- 
tions* 

2*5 Shielding. For compact reactors, such as marine 
reactors, considerable design attention must be given to 
ensure the attenuation of emitted nuclear radiations by 
some form of shielding* Shielding is necessary for the 
protection of personnel and because a high radiation back- 
ground will interfere with the operation of instruments 
that are used in various aspects of reactor operation and 
control* Although the radiation from a reactor system 
includes alpha and beta particles, gamma rays, and neu- 
trons of various energies, only gamma rays and neutrons 
need be considered since these are by far the most pene- 
trating. Any material that attenuates these radiations to 
a sufficient extent will automatically reduce all the others 
to a negligible value. Some shielding is inherent in the 
basic reactor construction, while other layers of shielding 
are provided solely for that purpose. 

Shielding the reactor involves three aspects: slowing 
down the fast neutrons, capturing the slowed-down neu- 
trons, and absorbing all forms of gamma radiation. Since 
elements of low mass numbers are the best moderators, 
hydrogen in the form of water can suitably be used as 
the shield constituent for slowing down fast neutrons* 
However, at high neutron energies, the scattering cross 
section of hydrogen is very small; therefore, a consider- 
able thickness of hydrogeneous material would be re- 
quired to slow down the fission neutrons of highest en- 
ergy. The situation can be greatly improved by 
introducing an element of fairly high mass number. Al- 
though such substances are not good moderators, they 
reduce the energies of very fast neutrons as a result of 
inelastic-scattering collisions* Elements such as lead, bar- 
ium, or iron readily decrease the neutron energy down to 
about 0*05 MeV where the hydrogen (elastic) scattering 
cross section is relatively large. Hence a combination of 
a moderately heavy or heavy element with hydrogen will 
effectively slow down even neutrons of very high en- 
ergies* 

In marine propulsion reactors, the weight of the shield 
is of major importance. In this instance, the cost of the 
shield may be secondary in significance. In addition, 
shielding that results in a concentrated loading distribu- 
tion may lead to problems with the ship's structure* 

Wherever possible, advantage is taken in shield design 
of the attenuating effect of distance, according to the 
inverse-square law, on the radiation intensity or flux* If 
the operating personnel can be kept at an appreciable 
distance while the reactor is in operation, a significant 
saving in thickness of the shielding may be feasible. For 
example, a shield may be made thinner at the top and 
bottom if access is restricted to the sides* If the circum- 
stances are such that personnel can be kept at a good 
distance from a reactor when it is in operation, it is usually 
desirable to do so* This may be accomplished by designat- 
ing exclusion areas of several maximum permissible radi- 
ation levels for passengers, ship’s crew, reactor operators 
on watch, and shore personnel. 
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To protect the heavy structural components sur- 
rounding the core, including the reactor vessel itself, from 
possible damage from the heat liberated upon absorption 
of radiation, a thermal shield is usually placed between 
the reactor core and the reactor vessel (see Fig* 1). The 
thermal shield consists of a thick layer of steel, which 
effectively absorbs gamma radiation and inelastically 
scatters fast neutrons. Since these two types of radiation 
carry most of the energy leaking from the reactor, a large 
amount of the heat produced in the shielding is released 
in the thermal shield and transferred to the coolant* 

The reflector makes an important contribution to fast- 
neutron shielding. The reflector, especially for a thermal 
reactor, is invariably a good moderator {e.g*, water, heavy 
water, beryllium, beryllium oxide, or graphite) so that it 
will slow down an appreciable portion of the moderately 
fast neutrons escaping from the core* Because of scatter- 
ing, many of these slowed-down neutrons are returned to 
the core, thereby easing the shielding problem. 

The penetration of gamma rays is a function of their 
energy but they are effectively absorbed by a material of 
high density. The shield material, such as iron or lead, 
which serves as the inelastic scatterer of neutrons, will 
also function as the absorber of gamma radiation. Within 
the energy range of interest, gamma absorption is deter- 
mined essentially by the mass of the shielding material* 
The thickness of shield required to produce a specified 
absorption of gamma rays is inversely proportional to the 
density of the shielding material. Thus, a smaller volume 
of lead than of iron would be required, but the masses 
would be approximately the same* 

Because of its high density and ease of fabrication, lead 
is a good shield component. For gamma rays with energies 
in the region of 2 MeV, roughly the same mass of lead as 
of iron is required to absorb a specified fraction of the 
radiation* However, at both higher and lower energies, 
the mass absorption efficiency of lead is appreciably 
greater than that of iron* The disadvantages of lead in 
reactor shields are its relatively low melting point and its 
softness. It cannot carry any appreciable portion of the 
reactor system structural load, and, because of relatively 
low temperature limits, it may require cooling. 

Polyurethane and other plastics containing boron are 
often used for shielding. Polyurethane is a good neutron 
attenuator and is relatively light in weight, which makes 
it well suited for marine applications. 

Masonite, with a density of about 1*3 g/cm 3 was used 
as the hydrogenous material in some of the early reactors. 
The number of hydrogen atoms per cubic centimeter is 
not much less than for water. In addition it contains both 
carbon and oxygen, which can act as moderators. 

As a general shield material, there is much to recom- 
mend concrete since it is strong, inexpensive, and adapt- 
able to both block and monolithic types of construction* 
Ordinary concrete of 2,8 g/cm 3 density contains some- 
what less than 10% by weight of water when cured. Al- 
though the hydrogen concentration in concrete is consid- 
erably less than the concentration in water, the larger 
proportion of oxygen (which acts as an additional modera- 
tor) and the calcium and silicon in concrete compensate, to 


a great extent, for the difference. Nevertheless, ordinary 
concrete alone is not very efficient as a reactor shield 
material since it normally contains no element of high 
mass number. 

Various special (“heavy ,? ) concretes incorporating 
heavy elements have been developed for reactor shielding. 
In barytes concrete, for example, the mineral barytes, 
consisting mainly of barium sulfate, largely replaces the 
sand and gravel aggregate in ordinary concrete* The den- 
sity of barytes concrete is about 3*5 g/cm 3 . Thus a shield 
of barytes concrete would have to be no thicker than an 
iron-water shield of the same effectiveness although the 
total weight of the barytes concrete shield would be 
greater. 

2.6 Safety [17]* Nuclear ships must comply with the 
rules and regulations of the cognizant agencies, which for 
U*S.-flag ships include: the United States Department of 
Energy [18-22]; United States Coast Guard [23]; United 
States Department of Commerce; National Bureau of 
Standards [24]; International Convention for the Safety 
Life at Sea [25]; the classification societies [26]; and the 
rules and regulations of agencies having cognizance over 
the ports of call [27]* Industrial safety codes may also be 
applicable in part; codes of this type include the American 
Society of Mechanical Engineers Boiler and Pressure Ves- 
sel Code [28], and the applicable ANSI and IEEE codes 
[29,30]* 

The Nuclear Regulatory Commission regulates com- 
mercial nuclear activities in the United States, and the 
Commission has promulgated an enormous body of regu- 
lations for the design and operation of power reactors. 
Any U.S.-flag commercial nuclear ship would also be re- 
quired to establish a set of applicable regulating guide* 
lines in addition to other regulatory requirements* 

A nuclear ship must also provide a degree of safety for 
the nonnuclear portions that is sufficiently high to ensure 
safe operation of the entire ship. In this respect provisions 
such as watertight subdivision, stability, fire protection, 
bilge pumping, fire extinguishing, electrical installations, 
steering gear, astern power, and navigational aids should 
be evaluated in order to provide for the maximum practi- 
cable safety for the ship. 

a* Containment* Containment constitutes the outer 
enclosure or other systems or arrangements that are pro- 
vided to prevent the uncontrolled release of hazardous 
amounts of radioactivity to normally accessible spaces 
or the ship's environment in the event of an accident or 
malfunction of the nuclear system. It is recognized that 
any one of several containment methods may be most 
suitable for a particular application* Separate pressure- 
tight containment vessels or containments utilizing inte- 
gral portions of the ship's structure are examples of con- 
tainment systems that may be utilized. In the design of a 
containment system, the effects of purification of radioac- 
tive loops, pressure relief or suppression systems, and 
systems that effectively prevent core meltdown or its con- 
sequences, must be considered* 

The containment system is designed to ensure that the 
basic integrity of the containment will be maintained for 
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any credible operating or accident condition. The follow- 
ing factors are typical of those which should be con- 
sidered: 

* Maximum credible pressure buildup within the con- 

tainment due to an accident to the nuclear system. 

* Maximum credible internal missile, 

* Location as regards collision or grounding damage. 

* Rupture of piping, ducts, or similar components out- 

side of the containment, and such components con- 
nected to and passing through the containment. 

* External fires and explosions on board. 

* Fires within the containment. 

* Sinking of the ship, 

* Forces due to ship motion. 

* Removal of reactor decay heat in the event of a loss 

of coolant circulation and provisions for pre- 
venting the reactor core from melting through the 
containment. 

* Leakage and measurement of leakage rate. 

All nuclear systems producing useful power contain 
stored energy that is indicated by pressure and tempera- 
ture. A sudden uncontrolled release of this energy and any 
additional energy that might be generated in a nuclear 
accident provides a potential mechanism for the dispersion 
of radioactive material. The containment system is de- 
signed to contain, control, and possibly suppress the re- 
lease of any radioactive material that could result from 
any credible accident. Consideration should be given to (1) 
the pressure and temperature of the coolant, (2) the en- 
ergy released as a result of any chemical reaction within 
the system, (3) the nuclear heat generation, including de- 
cay heat, and (4) the energy stored in the structure. The 
processes involved in the release of this energy are heavily 
dependent upon the type and specific design of the nuclear 
power plant. Each system is evaluated on an Individual 
basis to determine the pressure buildup in relation to the 
containment design. 

Missiles resulting from a malfunction of the system 
components should not result in the release of hazardous 
amounts of radioactive or toxic materials to occupied 
spaces or the ship’s environment. The following compo- 
nents are typical of those that may be considered as poten- 
tial sources of missiles: 

* High-speed rotating equipment. The installation of 

such equipment within the containment should be 
kept to a minimum, but, if installed within the 
containment, should be designed to reduce the 
probability of rupture of the containment wall due 
to a failure of any rotating element. 

* Control rods. Positive means should be provided to 

prevent the control rods from being ejected. 

* Fittings within the pressurized system. Tfiese 

should be located or protected so as to minimize 
the probability of damage to the containment 
walls in case of failure. 

The primary objective under these circumstances is to 
maintain the integrity of the containment and, insofar 
as practicable, to prevent impairment of the secondary 
shielding when materials that are particularly susceptible 


to fire damage are used {e.g,, lead, polyethylene, or non- 
ferrous materials). 

The containment Is designed to remain intact if the ship 
sinks in shallow water, and consideration is given to provi- 
sions for decay heat removal. Containment integrity 
should be maintained for a period of several years follow- 
ing such an incident in order to provide sufficient time for 
salvage operations. 

b. Shielding and radiological safety. Shipboard 
shielding and radiological safety are intended to provide 
standards tor protection against nuclear radiation for per- 
sonnel on board ship and for persons in the vicinity of 
such ships in conformance with the cognizant regulatory 
agencies. Inasmuch as all regulatory agencies normally 
follow the recommendations of the Federal Radiation 
Council [19,20], the recommendations of the Federal Radi- 
ation Council should be considered to anticipate changes 
to the criteria specified by the regulatory agencies. It is 
the intent to provide standards for protection by means 
of shielding and control of personnel access so that pas- 
sengers and shore personnel will not be exposed to radia- 
tion exceeding recommendations for the general popula- 
tion, and so that operating, maintenance, and other 
authorized personnel will not be exposed to radiation ex- 
ceeding the recommendations for occupational exposure. 

The primary function of shielding is to attenuate all 
nuclear radiations resulting from reactor operations to 
levels that will not be hazardous to personnel or equip- 
ment. Shielding may be provided by ship's cargo, ship's 
stores, structure, and reactor and machinery components 
provided that toxic, explosive, or other hazardous materi- 
als are not produced from the effects of radiation on the 
shield materials. Shielding may also be used to protect 
against missiles and to provide containment in case of an 
accident to reactor components. 

c. Radioactive waste disposal. Radioactive wastes 
are defined as the end products that result from the fis- 
sion process and contain radioisotopes in significant quan- 
tities. Radioactive wastes include solids, liquids, and 
gases. Some examples of solid wastes are contaminated 
dirt, chips, or other small particles, and spent ion ex- 
change resins. Equipment that has become contaminated 
or radioactive may also have to be treated in the same 
manner as waste. 

The purpose of a radioactive waste disposal system is 
to collect, audit, confine, and dispose of waste material in 
a manner that limits the contamination of any area outside 
of the controlled system. Systems and procedures for the 
transfer, collection, and storage or disposal of radioactive 
material must be subject to hazard evaluation. Disposal 
of wastes is acceptable if it can be accomplished in such 
a manner that no environmental hazard results. 

In general, airborne radioactive wastes dispersed to the 
atmosphere must result in activity concentrations in the 
atmosphere not exceeding the applicable radioactivity 
concentration guides at locations where personnel expo- 
sure can occur. This criterion necessitates separate dis- 
posal guides depending upon whether the ship is in loca- 
tions where the surrounding environment is inhabited, 
such as in harbors or in channels, or whether the ship is 
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Table 2 Radioactive liquid waste disposal limits for discharge 
to the sea as specified for the NS Savannah 

Limits on 

— Discharge Concentration — ^ 
Zone Zone Unidentified Identified 

Number Defined Isotopes 0 Isotopes 6 


1 

Harbors, estuaries, 
and up to 2 miles 
from shoreline * 

<1 X 10^ 
/iCi/ec 

<10 CFR 

20 limits 

2 

Two to 12 miles 

<1 X 10^ 

<HF X 10 CFR 


from shoreline'* 

^Ci/cc 

20 limits 

3 

Twelve miles from 
shoreline to 200- 
fathom depth 
contour^ 

<10~ l 

mCj/cc 

<10 6 X IQ CFR 

20 limits 

4 

More than 12 miles 
from shoreline at 
depths greater 
than 200 fathoms'* 

1G 3 mCi/cc 

<10 10 X 30 CFR 
20 limits 


“ “*a/cc” denotes micro curies per cubic centimeter. 
h “10 CFR 20 limits" denotes the limits specified in the Code of 
Federal Regulations Title 10, Fart 20. 

c Liquid waste with concentrations above the limits specified can 
be discharged to a property licensed contractor in port. 

d Liquid waste discharges are to be made while the ship is un- 
derway. 


Table 3 Radioactive gaseous waste disposal limits as speci- 
fied far the NS Savannah 

Limits on 

^ — D rscH arc e Con ce ntr atio n — ^ 
Zone Zone Unidentified Identified 


Number 

Defined 

Isotopes 

Isotopes 

l 

Harbors, estuaries, 

$ X 10^ 

8 X 10‘ X 10 CFE 


and up to 2 miles 
from shoreline 

ftCl/QC 

20 limits 

2 

Greater than 2 

8 X IQ” 1 

8 X 10 s X 10 CFR 


miles from 
shoreline 0 

^Ci/cc 

20 limits 


° Gaseous waste discharges are to be made while the ship is 
underway. 


on the high seas. While the published radioactivity concen- 
tration guides provide some assistance to the development 
of such standards, specific limits for the release of radio- 
active effluent to the atmosphere should be determined 
for each particular case on the basis of the isotopic con- 
tent, magnitude of the anticipated release, known princi- 
ples of atmospheric diffusion, and source-to-receptor ge- 
ometry. Radioactive wastes dispersed to the atmosphere 
at sea are ultimately deposited in the seawater. Limits 
regarding the disposal of radioactive liquid wastes and 
radioactive gaseous wastes, as specified for the NS Sa- 
vannah, are given by Tables 2 and 3, respectively. 

d. Health physics. The prime function of health 
physics is to safeguard the health of all individuals whose 
work is likely to involve exposure to nuclear radiations 
by taking steps necessary to minimize such exposure. In 
addition there is the responsibility of making sure that 
nothing escaping from the nuclear plant, even in the event 
of an accident, would represent a radiological hazard. 

The regulatory bodies stipulate the maximum radiation 


exposure limits for personnel, maximum permissible con- 
centrations of certain radioisotopes in air and water, and 
maximum permissible amounts of such isotopes that may 
accumulate in the human body. Such recommendations 
are subject to regular review as increasing knowledge is 
gained of the effects of nuclear radiation on the human 
body. Dosages are set at such low levels that daily expo- 
sure over many years is unlikely to cause any injury. On 
the other hand, the levels cannot be so low as to make 
operation of a plant impossible. 

Radiation dosage is measured in terms of the energy 
absorbed from the radiation, and the dose rate is the time 
rate at which such energy is absorbed. In general, the 
total dose (or dosage) received is the product of the dose 
rate and the exposure time. All persons likely to be ex- 
posed to radiation are provided with meters whereby the 
dose received can be measured, and any individual who 
has received an appreciable dose on a given day is notified 
so that appropriate steps may be taken to avoid overexpo- 
sure. In addition to these meters, which record the total 
radiation dose received over a period of time, individuals 
leaving a contaminated area are surveyed by appropriate 
hand and foot counters. In special cases it may be neces- 
sary to measure the radioactivity of radioiodine, and an 
analysis of urine and feces may be required to determine 
if certain radioactive species are accumulating in the body. 

All accessible areas around a reactor and its associated 
equipment and laboratories are surveyed at frequent in- 
tervals to determine the radioactive contamination of sur- 
faces and the amount of activity in the air. A regular 
survey must also be made of the radioactivity of the solid, 
liquid, and gaseous materials discharged from the plant 
so as to make certain that they will not constitute an 
environmental hazard. 

e. Radiation detection. The ability to measure the 
different types of radiation emitted from nuclear power 
plants is essential to protect personnel, ensure safe opera- 
tion, and monitor power levels. There are three common 
ways to monitor the radiation exposure to personnel: film 
badges, pocket dosimeters, and thermoluminescent do- 
simeters. 

Film-badge dosimeters. Photographic emulsions are 
widely used in radiation dosimetry. A “film badge'' con- 
sists of a small piece of film that is sealed inside an opaque 
container, which is clipped onto personnel's clothing. A 
film badge is used to measure photons and beta particles, 
and, by adding special filters, can also be used to measure 
thermal as well as fast neutrons. Film badges measure 
the cumulative dose over the exposure period, usually a 
month. At the end of this period, the amount of exposure 
of the film corresponds to the dose received by the wearer. 
A major limitation of the film badge is that the exposure 
cannot be continuously read. 

Pocket dosimeters. Pocket dosimeters are small ioniza- 
tion chambers that are often used to measure the gamma 
dose absorbed by the wearer. These pocket dosimeters 
are widely used in health physics work. Unlike film 
badges, the pocket dosimeters can be constantly moni- 
tored. 

Th erm o him inescen t dost m e tew. Therm ol u m i nescen t 
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dosimeters (TLDs) are made of crystalline materials that 
trap radiation energy in their lattice structure. When the 
exposed TLDs are heated, the trapped energy is released 
in the form of light, which can be counted and equated to 
the dose level received. TLDs are reusable after they have 
been annealed, and have largely replaced film badges in 
industrial applications. 

Besides monitoring exposure to individuals, radiation 
detection is also vital for other reasons. The reactor fluids 
must be checked for unusually high radiation levels, 
which could indicate that there is leakage between the 


radioactive and nonradioactive systems. The atmosphere 
must also be checked for radiation. High airborne radia- 
tion levels not only can endanger the crew but also can 
indicate a leakage of reactor fluids into the environment. 
Sample swipes of dust are taken and measured to monitor 
airborne radiation. 

Finally, radiation detectors are used to monitor plant 
operation by providing information concerning plant pa- 
rameters. Inside the core, various detectors are used to 
count the number of fissions occurring and thus measure 
the power 4evel of the reactor. 


Section 3 

Nuclear Propulsion Applications 


3.1 Naval Applications, In naval circles, the advan- 
tages that nuclear propulsion affords, in terms of almost 
indefinite underwater operations for submarines and the 
elimination of routine refuelings for surface ships, were 
immediately recognized. The early research and develop- 
ment efforts that were undertaken led bo the launching 
of the nuclear submarine Nautilus with its pressurized- 
water reactor in 1954, with at-sea operations commencing 
in 1955. Since then, nations have developed and deployed 
many types of nuclear-powered submarines and surface 
ships around the globe. Table 4 is a listing of representa- 
tive nuclear-powered naval ships. 

3.2 NS Savannah — Pressurized- Water Reactor [31- 
32]. The potential of nuclear energy for commercial ship- 
ping influenced the then President, Eisenhower, to recom- 
mend the construction of a nuclear-powered merchant 
ship in the United States. In 1956 the Department of Com- 
merce was authorized to develop and construct such a 
vessel for the purposes of demonstrating the peaceful use 
of nuclear energy and resolving developmental problems 
confronting commercial nuclear marine operations. 

The NS Savannah had a length of 595 ft, a beam of 78 
ft, and drew 29.5 ft of water. She was designed to carry 
a crew of 110 and 9800 tons of dry cargo. Fully loaded, 
she displaced 20,000 tons. Like many cargo ships of her 
era, she had the capability of carrying passengers with 
cabins for 60. Her turbines developed 22,000 shp and her 
cruising speed was about 21 knots. The machinery space 
arrangement of the Savannah is illustrated by Fig. 9 of 
Chapter 1. 

The Savannah ' s nuclear power plant was simple in 
principle. Uranium, artificially enriched to ensure readily 
fissionable atoms, was contained in fuel elements within 
the core. When the rods were withdrawn {see Fig. 3) a 
chain reaction started in the fuel. Fissioning uranium 
quickly heated the surrounding water to a high tempera- 
ture; however, a pressurizer kept the water under enough 
pressure to prevent boiling (hence the name pressurized- 
water reactor). The primary hot water was circulated 
through the steam generators, as illustrated by Figs. 4, 
5, and 6, where it gave up part of its heat to generate 


steam in a secondary loop. Steam from the steam genera- 
tors drove the main turbines and the turbogenerators. 
After passing through the turbines, the steam was con- 
densed and fed back to the steam generators. At full 
power the Savannah's reactor core gave off heat energy 
equivalent to 80 MW'. 

Fuel for the Savannah was uranium that, had zones of 
enrichment of 4.19 and 4.59% with an average value of 
4.4%. This slight enrichment simplified the design of the 
fuel elements and the reactor by permitting the use of 
structural materials that were resistant to corrosion and 
radiation. The uranium, in the form of uranium dioxide, 
was compressed into pellets. The pellets were slipped into 
tubes of stainless steel called fuel pins. Uranium dioxide 
was chosen because it does not react chemically with wa- 
ter, has a high melting point, and can hold its shape at 
the high-temperature and high-radiation levels within a 
reactor. 

The Savannah * s first core contained 17,000 lb of ura- 
nium, of which 668 lb was uranium-235. During its useful 
life, about ISO lb of uranium- 285 could be fissioned within 
the core. With the first core loading, she was designed 
to cruise 300,000 nautical miles at a speed of 21 knots, 
increasing to 23 knots when necessary. The NS Savannah 
actually travelled 350,000 miles before the first refueling. 
To travel this distance any ship of the same size would 
consume four to five times its own weight in fuel; how- 
ever, the Savannah used a quantity of nuclear fuel 
weighing less than one of her passengers! 

Hot water from the reactor primary loop was circulated 
through two separate steam generators where some of 
its heat was given up to make steam in these separate 
secondary loops. This design isolated the turbine loop and 
engine room from any radioactive materials in the reactor 
primary, for there was no open path between the primary 
loop and the secondary loop. Two heat exchangers with 
independent pumps were installed to ensure reliable cool- 
mg of the reactor core. The steam generators generated 
up to 265,850 lb of steam per hour at pressures varying 
from 715 to 445 psi. 
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Table 4 Representative naval ships with nuclear propulsion 3 


Ship 

Reactor 

Tvpe/Number 

Power, 

shp 

Displacement, 

tons 

Type 

Flag 

Seawolf 

PWR* 

1 

60,000 

9,150 

fleet submarine 

U.S.A. 

Los Angeles 

PWR 

1 

35,000 

6,927 

fleet submarine 

U.S.A. 

Ohio 

PWR 

1 

60,000 

18,700 

ballistic missile 
submarine 

U.S.A. 

Nimitz 

PWR 

2 

260,000 

96,386 

aircraft carrier 

U.S.A. 

Virginia 

PWR 

2 

70,000 

11,300 

cruiser 

U.S.A. 

Vanguard 

PWR 

1 

27,500 

15,000 

ballistic missile 
submarine 

U.K, 

Trafalgar 

PWR 

1 

15,000 

5,200 

fleet submarine 

ux 

Le Triumphant 

PWR 

1 

41,000 

14,200 

ballistic missile 
submarine 

France 

Bubis 

PWR 

1 

9,500 

2,670 

fleet submarine 

France 

Charles Dc Gaulle 

PWR 

2 

82,000 

36,000 

aircraft carrier 

France 

Han 

PWR 

1 


5,000 

fleet submarine 

P.R.C. 

Xia 

PWR 

1 

40,000 

8,000 

ballistic missile 
submarine 

PXC. 

Kirov 

PWR 

2 

150,000 

28,000 

cruiser 

Russia 

Typhoon 

PWR 

2 

80,000 

26,500 

ballistic missile 
submarine 

Russia 

Delta III 

PWR 

2 

60,000 

12,150 

ballistic missile 
submarine 

Russia 

Sierra 

LMR C 

2 

40,000 

8,100 

fleet submarine 

Russia 


3 Data obtained from Jane '$ Fighting Ships. 
b Pressuriased-water reactor. 
c Liquid-metal reactor. 
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fig. 3 Cutaway of NS Savannah ' s completer reactor. Note cross- shaped 
control rods rhaf fit between fuel dement* 


The Savannah * s reactor and other system components 
that may contain radioactive materials were enclosed in a 
containment vessel. In it were the reactor core in its pres- 
sure vessel, the water pumps, the steam generators, the 
steam drums, and the pressurizer. Figure 6 shows how 
compactly these parts were fitted into the containment 
vessel. 


The Savannah had two distinct sets of shields. The first 
was built around the reactor vessel It reduced the escape 
of neutrons and gamma radiation sufficiently to permit 
the crew to enter the containment vessel for short times 
after the reactor was shut down. The secondary shielding 
was outside the containment vessel It would serve to 
reduce personnel exposure to radiation should a reactor 
accident release radioactive materials within the contain- 
ment vessel. The primary shield consisted of a layer of 
water 33 in. thick, supplemented by a layer of lead. The 
secondary shielding was a combination of lead and poly- 
ethylene around the upper part of the containment vessel 
and concrete around the lower portion. 

In 197] the Savannah was retired from active service 
and in 1981 was put on display at Patriots Point Naval 
and Maritime Museum in Mount Pleasant, which is near 
Charleston, South Carolina. 

The operating experience provided by the Savannah 
demonstrated that the pressurized-water reactor is a via- 
ble option candidate for merchant ship propulsion. The 
PWR offers the attractive characteristics of having a 
light-water moderator and coolant, high power density, 
and the ability to follow the load. The PWR is also charac- 
terized by a high capital cost, a high stored energy in 
the coolant, and the production of low-pressure saturated 
steam. 

Since the development of the Savannah ,, considerable 
study work has been performed to improve the design 
of marine pressurized-water reactors. Many innovations 
have been made; however, the one having the most impact 
has been the inclusion of a once -through -type heat ex- 
changer within the reactor pressure vessel. 
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Fig. 4 Schematic diagram of NS Savannah reactor circuit 
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Fig. 5 NS Savannah system arrangement 


Fig. 6 N5 Savannah steam generating equipment 


3,3 Non-Nava!, Nudear-Powerad Soviet-Flag Ships 

[33,34]. The first application of nuclear power to surface 
ships was aboard the Lenin , which the U.S.S.R. put into 
operation in 1960, The Lenin is a 44,000-shp icebreaker 
that displaces 19,200 tons. The thermal output of the three 
original pressurized-water reactors totaled 90 MW (ther- 
mal) and was used to generate steam in the secondary 
loop at 398 psi and 590 F. 


The Lenin had a major problem in the 1960s and was 
not seen for many years. The Lenin plant was extensively 
modified in 1966, and subsequent operation was with two 
pressurized- water reactors instead of three. Also, the op- 
erating pressure in the primary loop was reduced from 
2840 to 1846 psi. The reactor fuel for the Lenin is urani- 
um-dioxide that is enriched to a level of 5% uranium-235 
and clad by Zircaloy. 
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In 1974 a second nuclear icebreaker, the Arktika, of 
23,500-tons displacement and 75,000 shp, was put Into 
service in the U.S.S.R. and was equipped with the same 
type of reactor plant as the Lenin. 

The Taymyr ; the lead ship of a third class of Soviet- 
flag nuclear icebreakers, was put into service in 1989. The 
Taymyr is a 48,000-shp, triple-screw, shallow-draft polar 
icebreaker that was designed and built by Wartsila Ma- 
rine industries in Helsinki with the exception of the reac- 
tor and turbines, which were installed by the Admiralty 
Shipyard in Leningrad. Previous generations of nuclear 
icebreakers had two reactors; however, there is only one 
pressurized-water reactor on Taymyr The turbines are 
of a single-casing, double- flow design to take best advan- 
tage of the low-quality steam produced. The turbo-electric 
ac/ae propulsion machinery installed on Taymyr was de- 
termined to be superior to mechanical transmissions be- 
cause of its ability to develop high outputs at low speeds. 

The Soviet Union (now Russia) also has a 61,000-dwt 
nuclear-powered barge carrier in operation on their east- 
ern seaboard. The Sevmorput was built at the A. Zaliv 
Shipyard at Kerch on the Black Sea. This ship was built 
to the highest level of ice class and is intended for service 
on the northern sea route. The Sevmorput is a single- 
screw, 40,000-shp barge carrier that uses the LASH (light- 
er-aboard-ship) system, which is suitable for operations in 
ice-laden waters. The single 135-MW pressurized-water 
reactor produces steam at 511 psi and 545 F in the second- 
ary loop. Local environmental objections have encum- 
bered port access to the Sevmorput. 

3,4 The Babcock & Wilcox CNSG Presturtzed-Water Re- 
actor [35]. The Consolidated Nuclear Steam Generator 
(CNSG), which was developed by the Babcock & Wilcox 
Co. in conjunction with research and development support 
from the Maritime Administration, is a compact pressur- 
ized-water reactor that is designed for merchant marine 
applications. The CNSG reflects the experience gained 
during the design and operation of the Savannah , as 
well as central-station practices. The CNSG incorporates a 
once-th rough steam generator, which produces super- 
heated steam at a constant pressure over the entire op- 
erating load range. The complete CNSG system consists 
of the reactor with its integral steam generator, pressur- 
ize^ reactor coolant pumps, control and safety systems, 
auxiliary systems, and instrumentation. The reactor can 
be shop-assembled to improve the quality control and min- 
imize the erection time. The compact vapor suppression 
system provides both neutron attenuation and energy con- 
tainment at greatly reduced post-accident pressures. 

The CNSG discussed herein was designed to power a 
105,000-shp containership. The reactor power level for this 
shaft horsepower requirement is 270 MW. 

The unique feature of the CNSG design is that the 
major components of the steam system are located within 
the reactor vessel as shown in Fig. 7. Primary pumps and 
control rod drives are on the top of the pressure vessel 
The reactor fuel is low-enriched uranium dioxide clad with 
Zircaloy. Reactivity control is accomplished by movable- 
cluster control rods and f ixed lumped burnable poisons. 


The steam generator is of the once-through, forced- 
circulation type and is located in the annular space be- 
tween the core and pressure vessel. The once-through 
design enables the system to produce superheated steam, 
which permits an improved turbine efficiency and pro- 
vides a greater margin for load changes without moisture . 
carry-over. 

The reactor vessel contains the reactor core and control 
rods, steam generator, press urizer steam space, and all 
internal supports for the core, steam generator, and con- 
trol rod drive line. The vessel is designed in accordance 
with the ASMS Boiler and Pressure Vessel Code, Section 
III, Nuclear Vessels. The vessel is fabricated from carbon 
steel and is clad on the inside with stainless steel 

The suppression chamber of the containment is formed 
by the dry-well vessel and an outer concentric cylindrical 
pressure vessel. Venting connections from the dry well 
to the suppression chamber consist of pipes attached to 
openings in the dry-well vessel wall and extending into the 
suppression water. Low-pressure rupture disks normally 
sea] these vent penetrations for humidity control in the 
dry well and prevent backflow of the suppression water 
at extreme ship roll attitudes. 

The shielding design of the CNSG includes the use of 
lead, water, concrete, and steel. Operational shield re- 
quirements at core elevation are met by the considerable 
quantity of structural steel in the equipment, the suppres- 
sion water in the containment, and the concrete shell wall 
The suppression water effectively attenuates the neutron 
flux, and the concrete shell is sized to reduce secondary 
gamma rays and operating (primary) gamma rays to ac- 
ceptable levels. The lead shield furnished is for post-acci- 
dent shielding. 

The 270-MW CNSG core is composed of 32 fuel assembl- 
ies and 32 cluster control rods. The core has an equivalent 
diameter of about 70 in. and an active length of 84 in. 
The total contained uranium is 12,583 kg at an average 
enrichment of about 4.1%. Radial power flattening is ac- 
complished by zone loading with three enrichments. 

Reactivity control is accomplished by a combination of 
fixed burnable poisons for lifetime reactivity loss and 
movable control rods for the temperature defect, void and 
Doppler deficits, xenon and samarium, and the subcritical 
shutdown margin. 

Besides reducing the required space and weight for 
the ship's energy system, the consolidation and physical 
confinement of the CNSG’s entire reactor coolant system 
within a single high-integrity vessel without external cir- 
culation loops provides such safety advantages as: 

• The elimination of all large penetrations to the reac- 

tor vessel and reactor coolant system, thus signifi- 
cantly limiting the consequences of a credible loss- 
of-coolant accident. 

• The elimination of piping, pump casings, and other 

secondary vessels as part of the reactor vessel 
wall. 

• The elimination of field assembly and welding of the 

primary system with the attendant problems of 
quality control for the reactor coolant boundary. 
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Fig. 7 Cross section of Babcock & Wilcox CNSG III reactor 
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• The elimination of any significant source of cold 

reactor coolant water that might cause a reactiv- 
ity excursion* 

* A reduction of the physical “target” size of the reac- 

tor coolant system as a consideration in ship colli- 
sion accidents. 

In addition to the foregoing features, the compact pres- 
sure-suppression arrangement for the CNSG design pro- 
vides for energy containment at greatly reduced post- 
incident pressures and thus decreases the magnitude of 
the driving force for fission product leakage and of re- 
sulting fission product dispersion. The decreased size of 
the containment structure also enhances the ability of the 
surrounding ship's structure to provide collision pro- 
tection* 

Continual design developments have been incorporated 
into the CNSG III design illustrated by Fig. 7 to improve 
performance and to reduce weight, space, and cost for a 
given power output* Figure 8 is a cross section through 


the CNSG IVA design* Some of the notable features of 
the CNSG IVA are: 

1* The use of control rod assemblies and the elimination 
of follower rods* 

2. A lowering of the core in the vessel, permitting a 
reduction in vessel height and water inventory* 

3. The placement of pumps in the head of the vessel 
instead of at the side, permitting a reduction in the size 
and weight of the containment and shielding* 

4* Electrically heated separate steam pressurizers* 

5* Vapor suppression containment 

6* Steel and water around the entire reactor con- 
tainment* 

7. The use of lumped burnable poison in the core design 
to attain a high core burnup and attractive fuel economics. 

8. Use of modular once-through steam generators de- 
rived from central station practice. 

3*5 NS OtfQ Hahn — Pressurized- Water Reader [33]* 

The nuclear-powered merchant ship, NS Otto Hahn , was 
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Fig. 8 Cross section of Babcock & Wilcox CNSG IVA reactor 


built in Germany, primarily as a research vessel and sec- 
ondarily as a 14,000-dwt ore carrier. The Babcock & Wil- 
cox CNSG design, with some modifications that included 
a dry-containment arrangement, was incorporated in the 
nuclear plant of the Otto Hahn , 

The power level of the Otto Hahn reactor was 38 M W, 
which produced a normal shaft horsepower rating of 
10,000 hp* The reactor coolant pressure was 903 psig at a 
core temperature of 533 F* To obtain flat neutron flux 
distribution and uniform fuel consumption, the core was 
divided into four radial enrichment zones having values 
of 2.77, 3.20, 3.89, and 4.87 percent, with an average value 
of 4.03%' uranium-235* The initial core was designed for a 
full-power life of 500 days. 

Several advances that had been established in the field 
of marine reactor design since the construction of the 
Savannah were incorporated in the Otto Hahn. Improve- 
ments of minor significance were effected in areas such 
as core design, flux shaping, burnup, lifetime, and control 
effectiveness; however, of major significance was the con- 
solidation of the reactor-steam plant that was provided by 
the CNSG concept. Previous dispersely arranged pressur- 
ized-water reactors included a pressurizer and a steam 
generator, which was located outside the reactor pressure 
vessel On the Otto Hahn, however, the pressurizer was 
eliminated and the steam generator was inside the reactor 
pressure vessel The pressure in the primary loop was 
lower, and the use of a once-through steam generator 
permitted the use of a modest degree of superheat. The 
integral arrangement of the steam-generator over the re- 
actor core facilitated primary-loop circulation such that 
about 25% of full power could be produced by natural 
circulation without using the main coolant pumps. The 


consolidated arrangement of the reactor-steam plant en- 
hanced the safety of the Otto Hahn by reducing the prob- 
ability of an accident that would affect the primary cool- 
ant boundary* 

The Otto Hahn was delivered in December 1968, and 
the first core was removed in October 1972. The second 
core went critical in March 1973 and logged 1,141 days of 
full-power operation before the Otto Hahn was taken out 
of service in 1979. 

The Otto Hahn was not intended to be an economically 
competitive commercial ship. The ship was built to obtain 
the technical and practical knowledge required for the 
development of economically competitive nuclear mer- 
chant ships, and the Otto Hahn satisfied all expectations 
of both the builder and the operator* A comprehensive 
description of the design and early operational perform- 
ance of the Otto Hahn is given in reference 33. 

3.6 NS Mutsu — Pressurized- Water Reactor Japan's 
nuclear-powered ship, the NS Mutsu , was built to gain 
experience in nuclear shipbuilding* propulsion reactor de- 
sign and operation, and nuclear-ship crew training and to 
acquire data necessary for future studies and work. The 
Mutsu was essentially a nuclear-powered demonstration 
ship that had special cargo transport and crew-training 
facilities. The Mutsu displaced 10,400 tons and had a pro- 
pulsion plant that was rated at 10,000 shp* The Mutsu 
was equipped with the first marine power reactor to be 
built in Japan. The pressurized- water reactor had a rating 
of 36 MW and was used to generate steam at 738 psi and 
590 F. The reactor fuel was stainless steel-clad uranium 
dioxide having enrichment zones of 3.2%' and 4.4% [33]* 

The structure of the Mutsu was analyzed in great detail 
in terms of anticollision and stranding safeguard fea- 
tures. 

The Mutsu was completed in September 1972 but was 
unable to put to sea until August 1974 because of protests 
from local fishermen. Soon after the reactor went critical 
during sea trials, alarms sounded, indicating an excessive 
radiation leakage. Subsequent investigations confirmed 
that the shielding, itself, performed as predicted; how- 
ever, there was a leakage of high-energy neutrons (0*01 
to 1 MeV) through a gap between the reactor vessel and 
the primary 7 shield. Leaking neutrons were also evidently 
being reflected from the steel plates of the reactor con- 
tainment and the ship’s hull The gamma rays, which were 
detected on the upper deck, were gamma rays that were 
produced secondarily as a result of the neutrons leaking 
through the gap in the primary shield being absorbed 
by the steel structure comprising the secondary shield. 
Technical corrections to the design errors in the Mutsu 
shielding were readily developed [36,37]. 

3.7 Application of Boiling-Water Reactors to Ship Pro- 
pulsion* Interest in the application of boiling- water reac- 
tors (BWR) to marine propulsion developed initially be- 
cause of the possibility of reductions in capital cost as 
compared with that of a pressurized-water reactor (PWR)* 
This reduction could result from the elimination of the 
heat exchanger and the associated piping inherent in 
changing from an indirect to a direct cycle* 
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The development work on the marine BWR has been 
relatively small and conducted principally by the Euro- 
pean nations. The primary interest has been in the area 
of reactor response to the sinusoidal motion of the ship. 
Very little has been accomplished in reducing volume re- 
quirements, or capital cost reduction. The volume con- 
straint on a marine reactor is considerably different than 
the constraint on a stationary plant, although both sys- 
tems are improved if the power density is increased. Sta- 
tionary boiling-water reactors have capital costs that are 
more sensitive to the diameter of the vessel than to its 
height. A marine reactor design is sensitive to both dimen- 
sions, and it is not possible to arbitrarily increase the 
height and reduce the vessel diameter. Also, with a sta- 
tionary plant, as much importance is not placed on com- 
pactness of the entire steam generating system as is nec- 
essary for a marine plant. 

The higher power levels present problems to the BWR 
from the physical size standpoint The low power density 
of the BWR does not makes its physical size particularly 
compatible with ship dimensions at the high power rat- 
ings. Boiling-water reactors that have been designed for 
200 MW are about 60 ft high, which is about twice the 
height that would be desirable for ship application. The 
PWR, because of its higher power density, is not pressed 
quite as hard to fit in the allowable space at the increased 
power. 

There are two basically different means of obtaining 
coolant movement in a BWR; natural and forced circula- 
tion. In the natural-circulation system, the pumping cost 
is reduced, while in the forced-circulation system there is 
generally a reduction in size. Either system can be applied 
to marine propulsion. There is a reduced economic incen- 
tive for the forced-circulation plant because marine BWR 
plants are relatively small and the capital cost is therefore 
sensitive to additional components. On the other hand, 
natural-circulation reactors that must use free-surface 
steam separation and gravity-dependent driving heads 
have reduced performance as a result of the ship's motion. 
Both reactors suffer from the fact that when operating 
in a direct cycle they do not naturally follow load changes. 
This is not significant in stationary plants, but is of impor- 
tance in marine plants because of the more frequent 
power changes. The forced-circulation plant can use recir- 
culation flow control to overcome this disadvantage, with- 
out requiring rod movement. 

Experiments and analyses have been conducted that 
indicate, for marine boiling-water reactors experiencing 
variations in the effective gravitational field due to ship 
motions, leaving velocities in the neighborhood of 1 fps 
can be considered as an upper limit. For a given reactor 
power and free-surface area, a vessel diameter can' be 
calculated for this upper value of effective steam velocity, 
it can be seen that if the steam separation area require- 
ments are reduced, a reduction of 20 to 30% can be made 
in the pressure vessel diameter depending on core shape 
and power density. The separation area requirements can 
be reduced by mechanical separation. If mechanical sepa- 
ration is employed to realize this diameter reduction in 


a marine BWR, it will then be necessary to use forced 
circulation. 

In either natural- or forced-circulation systems, the di- 
rect cycle must be used to be economically competitive 
with the PWR. The savings which would result from the 
elimination of recirculation lines and pumps in the natural- 
circulation indirect system would not overcome the disad- 
vantages introduced. These disadvantages are in the form 
of a variable-density moderator and a larger pressure ves- 
sel. The larger pressure vessel would result because of 
the phase fchange and the requirement to condense the 
steam in the internal once-through steam generator. 

Although considerable experience with central-station 
direct-cycle plants has been accumulated, there remains 
some reserve with regard to their application aboard ship. 
The fact that the engine room would be a limited-access 
area and t^ius require more planning of routine inspection 
is contrary to the usual ship policy. There also exists doubt 
whether isolation valves can be provided which, in the 
event of a nuclear accident, could isolate the reactor com- 
partment from the machinery room. Plant components 
through which the primary coolant flows may be required 
to be located within the containment vessel. If this prac- 
tice is followed, it is possible that only motor- generator 
drives could be considered for system components within 
a direct-cycle marine BWR. 

3.8 Marine Gas-Coaled Reactor Concepts. Gas-cooled 
graphite-moderated reactors, in which the heat generated 
in the core is removed by carbon dioxide and transferred 
to the steam generators, have been used in the United 
Kingdom and France, Also, in the United States gas- 
cooled reactors have been developed using helium as the 
coolant. 

A marine gas-cooled reactor (MGCR) program was un- 
dertaken to develop a conceptual design for a high-tem- 
perature, gas-cooled, closed-cycle gas turbine power plant 
[38], The reactor was BeO moderated and was a 10.5% 
enriched, uranium dioxide, helium-cooled plant. The reac- 
tor exit temperature was to be 1500 F, with a cycle effi- 
ciency of 36.2%, Considerable materials development 
work in both the reactor and turbomachinery was neces- 
sary. Although the reactor and plant were attractive from 
a weight and volume standpoint, the BeO moderator and 
10,5% enriched fuel entailed a fuel cycle cost and capital 
cost that were not competitive with other nuclear systems. 

Borrowing upon technology that was developed for 
other applications, a conceptual design of a lightweight 
nuclear propulsion (LWNP) system for marine installa- 
tions has been developed, as reported in reference 39. 
The power plant concept was based upon nuclear-rocket 
reactor technology and included a gas-cooled nuclear reac- 
tor with an integrally packaged gas turbine propulsion 
system (Fig, 9), 

A compact closed Brayton-cycle power conversion sys- 
tem, using helium as the working medium, with recupera- 
tion and one stage of tntercooling was determined to be 
the most advantageous. Figure 10 is a schematic diagram 
of the power plant cycle that was developed. Helium 
leaves the reactor at 1700 F and 1500 psi and enters the 
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high-pressure turbine. These conditions are within the ca- 
pability of state-of-the-art turbine blade materials and pro- 
vide an attractive overall cycle efficiency. The high-pres- 
sure turbine drives the low-pressure and high-pressure 
compressors. The helium leaving the high-pressure tur- 
bine enters the low-pressure free power turbine and is 
then directed to the recuperator, which transfers heat to 
the reactor inlet gas, and then the precooler before enter- 
ing the low-pressure compressor. An intercooler is located 
between the low- and high-pressure compressors to re- 
duce the power requirements of the high-pressure com- 
pressor. The heat removed by the precooler and in- 
tercooler is transferred to an intermediate heat transfer 
circuit, which rejects the heat to a seawater-cooled heat 
exchanger. 

The molecular sieve and cooled charcoal bed reduce the 
small amount of activity that could be in the primary 
system due to fission products. The clean helium leaving 


the charcoal bed may be either returned to the cycle or 
directed to storage bank A or B. 

The emergency cooling system provides the capability 
to remove reactor decay heat. This system transfers the 
heat to its own intermediate heat transfer system and 
from there to the ambient air via heat exchangers. 

Figure 9 is an illustration of the lightweight nuclear 
power plant conceptual design that was developed to he 
a replacement module for conventional power plants in 
the range of 25,000 to 30,000 shp. The maximum dimen- 
sions of the plant are 8,75 by 14 by 26.5 ft, and the plant 
has a specific weight of 25 3b/hp. For clarity, some of the 
auxiliary components are deleted from Fig. 9. 

The gas-cooled reactor shown by Fig. 9 is graphite mod- 
erated with coated fuel beads dispersed in graphite ele- 
ments, The fuel beads used were developed and applied 
in commercial gas-cooled reactors and were designed to 
have a high retention of fission products within the fuel 
beads themselves. This forms a barrier to fission product 
release and is a significant safety’ feature of the system. 

The reactor assembly consists of a fueled core that is 
surrounded by a reflector and internal shield. A pressure 
vessel encloses the reactor assembly. The reactor core 
consists of hexagonal fuel elements that are 30 in, tong 
and measure 0,75 in. across the flats. The diameter of the 
fuel-element bundle is 35 in. 

The free power turbine drives an internal planetary 7 
reduction gear, which provides rated power output at 3600 
rpm and connects to external reduction gears. The use of 
a free low-pressure power turbine, which is not coupled 
to the high-pressure turbine that drives the compressors, 
avoids output shaft rpm restrictions that would otherwise 
be imposed by requirements for compressed gas. 

The primary shielding function is accomplished by 
shielding internal to the reactor assembly and the borated 
zirconium hydride and borated water shields that are im- 
mediately around the reactor but outside the containment 
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vessel. Shielding for the gamma radiation that could ema- 
nate from the small quantity of fission products, and could 
possibly con tain mate the helium gas, is in the form of 
the thick- wall containment, vessel and other component 
structures, 

A survey of the numerous technical considerations en- 
tailed with the application of gas-cooled reactors in subma- 
rines is presented by reference 15. Reference 15 reports 
that the coupling of a helium closed-cycle gas turbine with 
a high-temperature gas-cooled reactor could achieve a 
power plant specific weight of about 20 lb/ hp, which com- 
pares with a specific weight of about 100 lb/hp for a 
conventional pressurized-water reactor plant When com- 
pared with a conventional pressurized-water reactor, a 
reduction in space requirements of well over one third is 
also achievable. In addition, a nuclear marine gas turbine 
has the capability of achieving a cycle efficiency that ap- 
proaches 38%, The enabling technologies necessary to 
support the exploitation of the closed-cycle gas turbine 
potential are in varying stages of development, but their 
maturity is feasible. 

Many details concerning a gas-cooled reactor propul- 
sion plant conceptual design would have to be defined to 
permit meaningful cost estimates to be made; however, 
preliminary estimates indicate that the cost of a gas- 
cooled reactor plant would be about the same as the cost 
of a conventional pressurized water reactor plant The 
principal reasons for the costs being the same are that 
the costs of the more expensive materials used in the 
gas-cooled reactor are offset by a reduction in material 
requirements, and that the predominant fuel cost is ura- 
nium, which is about the same in either case [39], 

3,9 Appraisal of Other Marine Reactor Concepts. All 
reactor concepts other than the PWR, BWR, or gas-cooled 
thermal reactor have the disadvantage of not having land- 
based predecessors. It is highly unlikely that such sys- 
tems would be able to obtain acceptance for marine appli- 
cations without first being operated as central-station 
plants, unless they possess extremely attractive charac- 
teristics. 
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1.1 Significant Feature!, Electric propulsion drives 
offer a number of important advantages that have the 
potential of outweighing the inherently higher first cost, 
increased weight and space, and the higher transmission 
losses of such systems, when compared with other conven- 
tional types of propulsion drive alternatives. The electrical 
connection between the generator and the propulsion mo- 
tor provides a freedom of arrangement not offered in a 
mechanical drive system. Power requirements can be met 
by one or more generating sets that are located in compli- 
ance with space restrictions, or to alleviate weight and 
stability problems. Combinations of different types of 
prime movers such as diesels, gas turbines, and steam 
turbines are easily accommodated once their mechanical 
output has been converted to the common denominator of 
electric power. For unidirectional prime movers, an elec- 
tric drive has the inherent ability to provide the required 
reverse rotation of the propeller by relatively simple con- 
trol means. 

In cases where the development of the desired propeller 
power requires the use of multiple prime movers, a typical 
situation in medium- and high-speed diesel drives, an elec- 
triced rive provides a convenient means of coupling several 
units to the propeller without the use of mechanical 
clutches or couplings. An electric-drive system is normally 
arranged so that vessel operation at less than full power 
can he accomplished with a minimum number of prime 
movers in service, each operating near peak efficiency* 
This contributes to more efficient vessel operation and 
affords downtime for scheduled maintenance on units not 
required for propulsion. The higher transmission loss of 
the electric system may in fact be more than offsetjDy a 
better match between the prime mover capacity and 
power demand. 

The ease and convenience by which the propeller speed 
and direction of rotation are controllable in an electric 
drive are among its attractive features. This control can 
be effected from a number of remote locations, and thus 
put directly in the hands of the vessel navigator or opera- 
tor as well as dynamic-positioning computers. The electric 
control system lends itself to any desired speed of re- 
sponse and to the Incorporation of time constants or limits, 


so that the machinery is not subjected to abusive or dan- 
gerous operation. 

It 1 $ possible, and oftentimes convenient, to select a 
low-speed motor that matches the desired propeller speed 
directly without the use of reduction gearing. This motor 
can be supplied with power from high-speed generators, 
thus providing the necessary speed reduction between the 
prime mover and the propeller. Geared motors can be 
considered as a means of reducing the size and cost of the 
electric motors. High-speed motors for use with reduction 
gears are lighter and less costly than their low-speed di- 
rect-drive counterparts, but any comparison must include 
the cost and weight of the added gearing and foundations. 

Main propulsion generator sets are usable as a source 
of power for other functions when their full output is not 
required for propulsion power. Electrical power for cargo 
pumps, cargo refrigeration, or dredge-pump operations is 
illustrative of such supplemental services. Ship-service 
power derived from the propulsion bus is an attractive 
and often-used feature on many electric-drive vessels. 

Electric drives have been built in sizes to 60,000 hp per 
shaft, However, while such high power applications are 
noteworthy, most electric drives are of more modest 
ratings. 

1.2 Electric-Drive Applications. Electric-drive sys- 
tems are applied when their ease of control, flexibility of 
arrangement, and adaptability to multiple use of the 
prime mover generator sets provide a distinct advantage. 
In general, propulsion electric drives are used in the fol- 
lowing types of applications: 

* Vessels requiring a high degree ofmaneuverabili ty—- 
Vessels such as ferries, icebreakers, tugs, oceanographic 
vessels, and cable-layers are typical of this group. In these 
cases, changes in speed and in direction of propeller rota- 
tion are frequent and of vital importance to the successful 
operation of the vessel. Most vessels of this type have 
used d-c machinery because of the superior speed control 
inherent with such machines. Even with the availability 
of a-c static power converters, the d-c motor, with its 
high transient torque capability, is often the machinery 
of choice. 
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* Vessels requiring large amounts of special-pur- 
pose power— Vessels such as self-unloaders, fireboats, 
self-propelled dredges, drill ships, oil-recovery vessels, 
large tankers, and tenders often have large electric power 
requirements that are not coincident with maximum pro- 
pulsion power requirements. The nature of the opera- 
tional requirements for such vessels permits the generat- 
ing sets to be applied to supply large amounts of power 
for pumping or cargo handling when propulsion power 
demands are low or even nonexistent. This “either-or” 
requirement for power allows a capital cost saving by 
reducing the total amount of power capacity that is in- 
stalled. 

• Vessels with large hotel loads — The large hotel 
loads on cruise ships, coupled with varying propulsion 
power needs, present the opportunity for scheduling the 
on-line operation of multiple prime movers to meet the 
cyclic load demands with the most efficient prime mover 
selections. Unlike the vessels described in the preceding 
paragraph, the total installed horsepower of a cruise ship 
must meet the simultaneous demands of both propulsion 
and ship-service loads. The power generation plant is, in 
effect, a small utility, delivering power to electric propul- 
sion motors and the hotel loads at the most economical 
fuel rate. Multiple diesel-generator sets are commonly 
used in such applications; however, simple- and combined- 
cycle gas turbine and heat-recovery steam turbine 
(CO GAS) systems are among other feasible alternatives. 

* Vessels using nonreversing t high-speed, and mul- 
tiple prime movers— Gas turbines and many high-speed 
diesel engines are of the unidirectional type and fre- 
quently are installed as multiple units to produce the re- 
quired prime-mover power. In such cases, an electric drive 
provides the means for reversing the propeller, converting 
the high speed of the prime movers to suitable propeller 
speeds, and also electrically coupling the multiple units to 
a single drive. 

• Deep-submergence vehicles— Deep-submergence 
vehicles usually employ relatively small amounts of pro- 
pulsion power and move at low speeds. The energy is 
obtained from batteries and is applied to multiple motors 
either directly or through power converters. 

1.3 Types of Electnc-DHve Systems. Generating sets 
on electric propulsion systems are arranged in either dedi- 
cated or integrated configurations. A dedicated system is 
one in which the propulsion generators do not simultane- 
ously also serve ship-service loads. For example, a propul- 
sion generator directly connected to a high-speed turbine 
may produce power at a frequency considerably higher 
than the standard values of 56 to 60 Hz, making such 
power unsuitable for use as ship-service power. In other 
cases, a dedicated configuration may also be required if 
transient excursions of either frequency or voltage on the 
propulsion bus make the power unsuitable for direct use 
on the ship-service bus. 

An integrated system uses one or more buses that are 
electrically connected to distribute power to both propul- 
sion and ship-service loads. The bus frequency and voltage 
are maintained within tolerances that permit the bulk of 
the ship-service loads to be served directly or through 


step-down transformers. However, some sensitive loads 
on the vessel may require isolation from harmonics gener- 
ated by large propulsion power converters. Because the 
sensitive loads are generally not large compared to the * 
size of the power system, common practice is to provide 
motor-generator sets to achieve complete isolation for the 
sensitive loads. 

A variation of the integrated design is made possible 
by designing suitable switching arrangements to allow a 
generator to be switched to either propulsion or ship-ser- 
vice switchboards, but not both simultaneously. A tie cir- 
cuit breaker between propulsion and ship-service switch- 
boards may be added to allow the operator to select 
between dedicated and integrated plant operation. How- 
ever, this additional flexibility is gained at the expense of 
additional control complexity, space and weight require- 
ments, and cost. 

1,4 Power Generation and Conversion. Nearly all 
power generated on ships is accomplished using a-c gener- 
ators. The term “d-c propulsion system" implies that a 
propulsion system includes a power conditioner to convert 
a-c to d-c, such that a d-c motor can be used. An “a-c 
propulsion system" consists of a different type of power 
conditioner and an a-c motor. An additional descriptive 
term is often included in relation to a-c propulsion sys- 
tems, to further describe and classify the type of a-c power 
conditioner. Alternating-current power conditioners in- 
clude cycloconverters, pulse-width-modulated inverters, 
and load-commutated inverters. These three basic generic 
types of power conditioners, and variations thereof, are 
manufactured under various trade names for use in ma- 
rine electric propulsion systems. 

Basic power conditioners, such as a cycloeonverter or a 
load-commutated inverter, have been used since the early 
part of the century. The trend to the almost exclusive use 
of power conditioners in the electric propulsion of ships 
is largely the result of remarkable developments in two 
branches of technology: power electronics and microelec- 
tronics. Together they have provided the capability to 
achieve the dense packaging and computational ability 
necessary to control large amounts of a-c power within 
the often restricted confines of a ship. 

Direct-current propulsion systems are normally applied 
in the low- and moderate-power ranges. The usual applica- 
tions of d-c motors are on vessels requiring between 600 
and 10,000 hp, while a-c motors are generally used in 
installations above 10,000 hp. No rigid rules govern the 
type of propulsion motor, because both types of machines 
are capable of delivering excellent performance and reli- 
able service. However, physical limits do exist on the maxi- 
mum practical size of d-c machines. 

Figure 1 shows an electric drive arrangement in basic 
block diagram form, indicating the relative placement of 
major system elements: prime movers, switchgear, power 
converters, and motors. Although the illustration shows 
multiple prime movers and a single motor, any combina- 
tion of units may be used as long as the total developed 
power can satisfy the connected load. Also, there are no 
restrictions concerning the variety of prime movers used 
to drive the generators. 
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Fig. ] Basic electric drive with multiple prime movers 


The use of higher-speed prime movers results in a con- 
siderable reduction in the size and weight of machinery, 
and the use of engines with rotational speeds as high as 
practicable, consistent with reasonable maintenance and 
life, is usually desirable. The rated capacities of generator 
sets may be selected on the basis of an operating profile 
that allows some units to be secured during reduced- 
power operations. To facilitate load sharing among gener- 
ator sets, an electric governor operating in the isochro- 
nous mode with automatic load sharing is usually pro- 
vided. 

1.5 System Voltage Selection. The voltage selected 
for an electric propulsion system must reflect the neces- 
sity for reasonable cable sizes and efficient rotating ma- 
chine design and take into account national standards that 
define available ratings for circuit breakers. As the size 
of a power system increases, the voltage level required 
on the main bus also increases. The relationship is not 
linear, because the voltage classes and current ratings 
of switchgear are in discrete steps. For example, U.S. 
standards define preferred ratings of 480, 600, 4160, 6900, 
and 13,800 volts [1,2]. 

For marine power systems, the maximum current rat- 
ing of available circuit breakers is often the deter mining 
factor in choosing the voltage for the main power bus. 
For example, on low-voltage (600 V) systems, the largest 
frame size of the circuit breakers listed in the preferred 
rating table of AN SI/ IEEE C37.16 would restrict the gen- 
erator to about 3300 kVA in a 50 C ambient [2]. Some 
manufacturers have circuit-breaker products available in 
current ratings, in excess of the published tables, which 
allow the use of higher-rated generators at the 600 V 
level. When multiple low-voltage machines are connected 
in parallel on the same bus, the resulting increase in short- 
circuit current may also be a deciding factor in selecting 
a higher voltage for the power system. 

Breakers in the higher-voltage classes are available 
with current ratings that will accommodate generators 
rated well in excess of 30,000 kVA. However, even in the 
higher- voltage classes, careful attention must also be paid 
to the short-circuit capabilities of the switchgear, to insure 


that equipment ratings are not exceeded. The short-circuit 
calculation techniques and procedures recommended by 
IEEE [3], or other appropriate standards, can be used to 
confirm that suitable short-circuit capabilities have been 
provided at the voltage level under consideration. 

Circuit breakers in the 600 V class have integral over- 
current tripping devices and do not require an external 
source of power to open under fault conditions. Higher- 
voltage circuit breakers generally use externally mounted 
current transformers with protective relays to sense a 
fault condition and must have power applied to a tripping 
coil to open. A reliable source of tripping power, such as 
a battery, is therefore required to ensure operation of the 
higher voltage circuit breakers under fault conditions. 

1.6 Control and Regulating Systems. The successful 
operation of an electric propulsion system requires the 
interactioh of a number of regulating and control systems 
acting on >the prime movers, generators, and power con- 
verters. Some of these systems enhance the performance 
and stability of the power system, while others contribute 
to the reliability and availability of the power system by 
preventing unintentional overloads that could ultimately 
shut down the power system. The most significant of 
these regulating and control systems, from a system de- 
sign point of view, include the following: 

* Prime-mover load sharing — A governor is used to 
control the real power (kilowatts) delivered by the genera- 
tor set to the power system. Prime-mover governing sys- 
tems of the electronic type are commonly used to provide 
constant frequency on the main bus. The amount of load 
being carried by each prime mover is continuously moni- 
tored and the fuel supplied to each unit is adjusted to 
ensure that the load is proportionally shared. While op- 
erating in this manner, the governor maintains constant 
speed for all loads within the capability of the prime 
mover. This mode of operation is called “isochronous” and 
is preferred to a “drooping” characteristic in which the 
prime mover's speed is allowed to decrease as the load 
is increased. Often, the electronics for the governor are 
located in the switchgear, providing convenient access to 
the generator's current and voltage transformers, which 
are used by the governor to sense load. 

* Generator load sharing — Automatic generator 
voltage regulators are required to maintain the terminal 
voltage of the generator at rated conditions. When gener- 
ators are connected in parallel on a common bus, the volt- 
age regulator also provides the means to proportionally 
share current among generators. In an arrangement 
which is analogous to the governor's proportional load- 
sharing feature, the voltage regulators for all generators 
have common generator current sensors that are used to 
adjust the field current in each generator to achieve a 
proportional current division. This mode of regulator oper- 
ation is called “crosscurrent compensation” and is pre- 
ferred to a “drooping” characteristic in which the genera- 
tor's voltage is allowed to decrease as the load is 
increased. The voltage regulator requires an input from 
the generator's current and voltage transformers; there- 
fore, it is commonly mounted in the switchgear. 
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■ Automatic load shedding — Automatic load shed- 
ding is the process of disconnecting preselected loads 
from the system in response to an abnormal overload 
condition, such as may be caused by an unscheduled shut- 
down of a generator set, in order to maintain the bad 
within the system's capability. A power system will oper- 
ate at a progressively lower frequency when the kilowatts 
demanded by the load exceed the power available from 
the prime movers. This frequency reduction will generally 
lead to a shutdown of all generators by the underfre- 
quency protective system, unless corrective action is 
taken to restore a balance between the power generated 
and the load. In an integrated power system, the removal 
of preselected ship-service loads may not be sufficient to 
balance the system. A reduction of propulsion power also 
may be required, because it is likely to be the single larg- 
est load. Regulators called power limiters (which are dis- 
cussed in the following paragraph) are located in the pro- 
pulsion power converters and are designed to take 
advantage of the significant drop in shaft horsepower 
that accompanies a modest reduction in the propeller shaft 
speed. 

• Power limiting — A reduction of the propulsion mo- 
tor speed by an automatic power-limiting regulator is a 
technique commonly used to compensate for a sudden loss 
of generating capacity such as might occur during an 
unscheduled shutdown of a diesel-generator set. The same 
regulators prevent overloading the system in the event 
that the throttle is advanced to call for more shaft power 
than is currently available from the power system. Two 
regulator functions are usually combined to monitor the 
status of generator sets and make adjustments in the 
propulsor’s speed. The first function, called “kilowatt” or 
“real-power” limiting, provides a limit to the amount of 
power that can be drawn from the prime mover. The sec- 
ond is lf kVA” or “current” limiting, which provides a limit 
to the amount of current (and therefore a limit on reactive 
power) drawn from the generator. By including both func- 
tions in the regulator, provisions are made for a variety 
of abnormal operating conditions. Both of these features 
have been widely applied. An alarm is usually sounded to 
inform the operator that the regulator is controlling the 
power or current demand. 

The application of an automatic regulator requires kilo- 
watt and kVA transducers to be installed in the switch- 
board so that signals proportional to load demanded can 
be sent to the power-converter regulator. When the regu- 
lator determines that the power demand is exceeding a 
preset value, such as 95% of the total on-line generator 
capacity, the regulator reduces the output of the power 
converter to maintain the generator set loads at 95% of 
rated capacity. The change in power is accomplished in a 
very brief time. The rationale for this approach is that it 
would be preferable to reduce the load than experience a 
complete loss of power. If another generator set were 
available, it would be placed on tine by either an operator 
or an automatic power management system. At power 
levels below the set point, the regulator has no effect on 
operation of the propulsion plant. 


# Throttle controls — The electronic regulators sup- 
plied with power converters are usually fitted with fea- 
tures to promote smooth yet responsive control of the 
main propulsion motors in response to movements of the 
throttle. Included in the features are preset timing ramps 
that provide a controlled rate of motor speed change that 
compensates for rapid throttle movements, permitting 
machinery such as diesel governors, turbochargers, and 
voltage regulators to follow the increased power demands 
in an orderly manner. 

In addition to timing ramps, throttle controls usually 
include current-limiting circuits to provide continuous and 
nonintrusive overload protection for motors by allowing 
either a programmed value or full torque to bedeveloped 
at any shaft speed. This is especially useful during vessel 
acceleration, and in heavy seas. When studies indicate 
that regenerati ve power during a full-speed shaft reversal 
is likely to raise the bus frequency beyond desired limits, 
an automatic propeller reversal limit may be programmed 
into the regulator to limit the bus frequency or add load- 
absorbing resistors to the bus. 

* Propeller blade-position controls— For multiple- 
shaft vessels, the rotational speed of the shafts can be 
synchronized by the regulators to eliminate vibrational 
beats resulting from propeller blade-rate excitation that 
is caused by slight differences in propeller speeds. On 
some ships where the pressure pulsations due to blades 
passing by hull appendages have caused objectionable 
structural vibration, regulators have been programmed 
to control the relative blade position of one shaft versus 
the other. The objective in this instance is to offset the 
blade positions and thereby cause the excitation from the 
two shafts to be out of phase, eliminating the reinforce- 
ment of pressure pulsations. 

1*7 Generators for Electric Drives. Generators applied 
to most ship-service power systems are designed to supply 
a normal mix of induction motors and lighting loads. The 
reactive power demands of these systems can usually be 
satisfied with industry standard designs rated at 0.8 
power factor. However, the nonlinear nature of current 
flow in static power converters may result in increased 
demand for reactive power and increased generator heat- 
ing in electric-drive vessels. Therefore, generators for 
electric-drive ships should be designed with a power factor 
capability to specifically meet the needs of the electric- 
drive system it is intended to support Most electric-drive 
systems, with the exception of icebreakers, use either 0.8 
or 0.7 power factor machines. Icebreakers, because of 
their need for high overload torques, may require ma- 
chines with power factor ratings as low as 0.5. 

In addition to being designed for the proper power fac- 
tor, the design of a generator used with a static power 
converter must include allowances for the extra heating 
that occurs as a result of harmonic currents flowing in 
the windings. The degree that the converter configuration 
affects the design of the generator is generally an inverse 
function of the number of pulses produced by the con- 
verter: as the number of pulses increases, the wave form 
has harmonics of smaller amplitude, which have less ef- 
fect on the design of the generator. 
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Turbine-driven, 3600- rpm generators are especially sen- 
sitive to harmonic currents. Because of the high mechani- 
cal stresses in 3600-rpm machines, the rotors are made 
from solid forgings, which tend to have higher losses for 
harmonic currents. The windings on these rotors are held 
in place with steel wedges, which exhibit similar high loss 
characteristics. Generators can readily be designed for 
power converter loads that have a minimum of 24 pulses 
per cycle; however, for loads having less than 24 pulses 
per cycle, 3000- or 3600-rpm generators usually have cus- 
tom-design features. 

Excitation for the generator is often provided by a 
brushless exciter mounted directly on the generator shaft. 
The voltage regulator, which controls the generator's out- 
put by varying current into a small winding on the brush- 
less exciter, is usually mounted in the switchboard, since 
voltage and current sensing is also performed there. Gen- 
erator reactances for machines in this service are usually 
designed to maintain the machine direct-axis subtransient 
reactance in the range of 12 to 20%. A low value is pre- 
ferred since it directly affects the voltage distortion on 
the generator bus. Unfortunately, a low subtransient re- 
actance yields high short-circuit levels, which tend to in- 
crease the cost of the switchboard and power converter. 
The two objectives, low voltage distortion and tolerable 
short-circuit levels, must be in balance to properly control 
this aspect of the generator design. A suitable compro- 
mise is usually established within the range of 12 to 20%. 

Smaller synchronous generators can be ventilated with 
ambient air by a shaft-mounted fan. To remove the heat, 
the generator space should be supplied with 70 to 100 cfm 
of air per kilowatt of generator loss. In larger installations 
where the removal of the heat losses by ventilating air is 
not practical, generators are fitted with a closed ventilat- 
ing system that includes a shaft-mounted fan, which 
forces air through a water-to-air heat exchanger. This 
arrangement is referred to as a totally enclosed, water- 
to-air-cooled (TEWAC) machine [4], Heat exchangers for 
these machines are usually furnished in a double-tube 
construction in order to ensure that water from tube leak- 
age cannot reach the windings, where it could cause a 
failure of the insulation provisions, 

1 .8 Transformers for Electric Drives, In many of the 
larger d-c and nearly all a-c electric-drive installations, a 
transformer is used to match the higher bus voltage to 
the lower voltage required by the static power converter. 
Transformers are also used to provide phase shifting of 
the a-c supply voltage for drives with more than six 
pulses. These transformers are, therefore, subject to the 
harmonic currents of the power converters, and are usu- 
ally designed in accordance with the practices specified 
in standard ANSI/IEEE C57.110 [5]. Transformer! not 
designed in accordance with this standard are not ex- 
cluded from converter application; however, they are of- 
ten derated by following specified procedures. Transform- 
ers designed for marine service must be specially braced 
and reinforced to withstand the inertia forces developed 
by the heavy coils and magnetic structure as a result of 
ship motions. 


Dry-type transformers are generally applied in ship- 
board drive applications. However, liquid-filled trans- 
formers are routinely used in industrial applications par- 
ticularly when the voltage level exceeds 4160 V or the size 
exceeds 10 MVA, If liquid-filled units are considered for 
marine drives, the tank must be designed to insure that 
the coils are covered by fluid under all ship motions. Flam- 
mability varies among transformer fluids and must be 
considered when locating the unit When air-cooled trans- 
formers are used, ventilating systems should be arranged 
to maintafti the temperature of the space well within the 
transformer ratings under all operating conditions. 

An estimate of the transformer losses should be ob- 
tained from the manufacturer, since for large systems 
even a 1% loss can represent a significant load on the 
HVAC system. 

1*9 Pbwer System Harmonics and Filtering. All static 
power converters, including those applied to marine 
drives, appear as nonlinear loads to the power system 
and, therefore, have the potential of introducing harmonic 
currents into the power system. Harmonic currents can 
adversely affect the quality of ship-service power and the 
operation of instrumentation and protection features, and 
furthermore can introduce electromagnetic interference 
[ 6 ]. 

Experience indicates that the miscellaneous induction 
motors of the size found on ships are not adversely af- 
fected by the voltage distortion that is common on vessels 
with power converters, and no special precautions have 
been required [7]. Energy-efficient motors, because of 
their generally more conservative designs, have a greater 
tolerance for systems where harmonics are present, and 
are usually recommended for these applications. 

On vessels where the ship-service power is derived from 
the propulsion bus, an investigation of the power quality 
requirements of the loads served must be made to ensure 
compatibility. Unfortunately, many equipment manufac- 
turers have not tested or designed equipment to operate in 
an industrial or marine environment and have no specific 
knowledge concerning the power quality tolerance limits 
of their equipment. When power quality tolerance limits 
are not known, the 120 V loads composed of entertain- 
ment, navigation, and communication equipment are usu- 
ally isolated by supplying them from small motor-genera- 
tor sets, while the less-sensitive induction-motor loads are 
usually fed directly from, or via voltage-matching trans- 
formers connected to, the main bus. Uninterruptable 
power supplies (UPS) also isolate loads from the power 
bus; however, most UPS equipments use static power 
converters as input devices and are, therefore, themselves 
susceptible to, and also a source of, harmonic currents. 

In some cases filters are added to the power system to 
reduce the amount, of voltage distortion caused by har- 
monic current flow from d-c and a-c drives using load- 
commutated inverter or pulse-width modulated technol- 
ogy, Filters provide a low-impedance path for harmonic 
currents, which flow mostly through the filter, bypassing 
the other system components. Filters consist of capacitor, 
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inductor, and resistor assemblies that are chosen to reso- 
nate at or near the harmonic frequency requiring suppres- 
sion. To have a significant effect on the power system, 
three or more filters tuned to different frequencies are 
often required. When more than one voltage level is used 
on a ship, the filters should generally operate on the same 
voltage level as the power generation. The disadvantage 
of filters is that they are costly, large, and introduce 
losses. Also, the dynamic interactions between the filter 
capacitors and other system inductances must be care- 
fully considered when designing a filter system to ensure 
that a filter does not exacerbate the voltage distortion. 

When the voltage and current of a power system con- 
tain significant harmonics in addition to the fundamental, 
the peak values of the voltage and current waves may not 
equal the square root of two times their root-mean-square 
values [7,8]. As a consequence, instruments that only mea- 
sure the peak or average value of a wave form may not 
read as accurately as those designed to be unaffected by 
harmonics. Attention should be paid to the selection of 
measuring devices for current, voltage, real power, and 
reactive power for switchboards as well as remote moni- 
toring and alarm systems to be sure that their internal 
circuits are designed to provide accurate readings on 
power systems with a significant harmonic content. Pro- 
tective relays and integral trip units on circuit breakers 
should be selected from those devices that respond to the 
root-mean-square value of the current flowing, so that 
they will not be subject to false tripping in systems with 
static converter loads. 


The harmonic currents of the largest amplitudes associ- 
ated with power converters occur at relatively low multi- 
ples of the fundamental power frequency and are within 
the audio frequency spectrum. A higher-frequency phe- 
nomenon, commonly referred to as "commutation 
notching," is also produced by the power converter be- 
cause of the rapid changes in current that are associated 
with the physics of the converter's operation [9]. The 
higher frequencies are likely to affect the operation of 
equipment susceptible to either audio- or low-frequency 
radio interference. A proper system layout and physical 
separation of power cables from communication cables 
are important and usually sufficient steps in minimizing 
the effects of this phenomenon* To minimize the propaga- 
tion of higher frequencies to other voltage levels, by ca- 
pacitance coupling between transformer windings, 
grounded shields between the primary and secondary 
windings are recommended. 

M0 Grounding* Resistance grounding of the power 
system is recommended to limit the fault-energy release 
in equipment and ground fault currents through the ship 
structure. Grounding resistors are selected to overdam- 
pen the naturally occurring capacitance in the cables and 
rotating equipment [10] as well as to thermally withstand 
the power dissipation occurring on a bolted line-to-ground 
fault. Usually, the grounding scheme involves detection 
and alarm rather than tripping of the circuit breaker. 
System designs where the continuous line-to-ground fault 
current exceeds the nominal recommended range of 5 to 
10 amperes should be avoided because of the potential of 
damage caused by the magnitude of the energy released 
at the point of the fault 


Section 2 

Direct-Current Propulsion-Drive Systems 


2*1 System Characteristics. Equipment for d-c power 
generating systems usually consists of multiple medium- 
or high-speed diesel generator sets paralleled on a com- 
mon bus, producing a-c power which is then converted for 
propulsion. The sizes of the engines may be selected on 
the basis of an operating profile that allows some units to 
be shut down when a particular mode of operation de- 
mands less than the total installed power. To take full 
advantage of this design approach, the generator sets are 
sometimes selected at two different ratings. 

The electric output of the generator sets is connected 
to the main power bus by circuit breakers located in one 
or more switchboards. These circuit breakers provide the 
means to connect and disconnect the sets and satisfy re- 
quirements for overload and short-circuit protection of 
the machinery. Frequently, an integrated bus system is 
provided to enable the ship-service power to be taken from 
the same bus via transformers or motor-generator sets. 

Because of advantages in size, weight, and cost, 600 V 
systems are preferred for small- and medium-sized sys- 
tems. However, when the generator rating exceeds ap- 
proximately 3300 kVA, which may occur with medium- 
speed engines, the full-load or fault current can exceed 


the rating of available 600 V circuit breakers. In that case 
the next-higher voltage class, 4160 V, is chosen. All 4160 
V systems require a transformer to reduce the voltage to 
a suitable drive input level, usually 600 V for drives above 
500 hp. 

An adjustable- voltage d-c power converter is connected 
to the bus by a circuit breaker or by a combination of a 
circuit breaker and a transformer. Omission of the trans- 
former, where appropriate, is desirable to save cost and 
space. The converter rectifies the incoming a-c voltage to 
produce adjustable d-c for the armature of the propulsion 
motor. 

The most common converter configuration used for mo- 
tors rated up to several thousand horsepower is a six- 
pulse converter. Figure 2 shows the arrangement and 
ratings of the d-c electric-drive equipment used on a typi- 
cal research vessel. Six-pulse converters are used for ad- 
justable speed control of a bow thruster and two direct- 
drive, d-c main propulsion motors. In this case the genera- 
tors are arranged in parallel on a common 600 V bus that 
also supplies 480 V ship-service power through step-down 
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Fig. 2 Bosic d-c drive for a research vessel 


transformers. Each of the three six-pulse power convert- 
ers is directly connected to the 600 V bus to avoid the 
additional space and weight associated with transformers. 

Higher-horsepower motors and motors with special 
acoustic requirements are typically supplied with d-c from 
converters with twelve or more pulses. The choice is often 
one of economics, with twelve-pulse current being favored 
only on larger systems, since a transformer is necessary 
with a twelve-pulse arrangement. 

The d-c motor armature voltage selection is influenced 
by two factors. First, motor voltage design considerations 
have resulted in a somewhat arbitrary upper limit of 1000 
volts. This limit is considered prudent for d-c machines 
that are to operate under shipboard conditions of vibra- 
tion, high humidity, and frequent maneuvering, and has 
been established by the IEEE Committee on Marine 
Transportation [11]. 

Second, for the many systems with power converters 
that are directly connected to the bus without going 
through a transformer, the highest d-c output voltage 
available using the U.S. standard 600 V line-to-line a-c bus 
voltage is generally 750 V d-c, a ratio of 1 : 1.25. An input- 
to-output voltage ratio of greater than one is due to the 
rectification process, which produces an output wave form 
that is closer to the peak of the supply voltage. A descrip- 
tion of the technical basis for these values is contained in 
a number of sources as well as the standards developed 
by the IEEE Thyristor Motor Drive Subcommittee [9]. 

If a transformer is placed between the converter and 
the power source, the transformer voltage ratio may be 
chosen to allow either an increase or decrease in the mo- 
tor's rated armature voltage. Using the flexibility af- 
forded by a transformer, the motor voltage may then be 
specified over the full design range up to 1000 V, although 
750 V is the most common voltage chosen. For any given 
level of power transmission, a lowering of the voltage 
level requires a proportionate increase of the current, and 
higher currents require larger commutators, more 
brushes, and larger cables. Also, transformers contribute 
to the cost, space requirements, and weight of a system; 
therefore, most small- and medium -capacity systems are 


designed with power converters directly connected to the 
a-c bus. The tendency, then, is to use the highest motor 
voltage consistent with the voltage level of the vessel's 
power system. 

Once the power and voltage rating of a d-c motor has 
been established, the system designer must select cables 
and size a-c circuit breakers for the vessel's one-line dia- 
gram. The armature current to be carried by the d-c cables 
is obtained from manufacturer's data or estimated by 
calculation. If it is necessary to calculate the motor cur- 
rent, the shaft horsepower of the motor is usually rounded 
up to a convenient whole number using an increment such 
as 50 hp. Calculation of estimated armature current is 
obtained by converting the motor-rated horsepower to 
kilowatts and dividing by the d-c voltage and motor effi- 
ciency. 

The efficiency of most d-c propulsion motors falls in the 
range of 92^ to 96^, with direct-drive, low-speed machines 
having the lowest efficiency, and 400- to 900-rpm ma- 
chines, which must drive the propeller through reduction 
gears, having the highest Manufacturer's data should be 
used as a guide when available, and ample margin should 
be included when they are not. 

Shunt-wound motors are generally used in d-c drives. 
The speed of a d-c shunt-wound motor is nearly directly 
proportional to the voltage applied to its armature. There- 
fore, speed control of a d-c electric-drive system is readily 
accomplished by adjusting the output voltage of the 
power source in response to a small reference voltage 
developed from a potentiometer or digital position encoder 
located on the throttle shaft. 

To reverse the direction of rotation of a d-c motor, as is 
usually required for fixed-pitch propellers, two ap- 
proaches may be used. The first and most common ar- 
rangement is to reverse the direction of current flow in the 
motor's field winding. Since the application of reversing 
torque to the propeller does not take place until the field 
polarity actually reverses, a delay of several seconds is 
usually experienced. In most marine drives, however, this 
time delay is insignificant compared to the overall time 
required to effect a change in vessel speed. The second 
method of reversing the direction of rotation of a d-c mo- 
tor is to reverse the direction of current flow through 
the armature. To accomplish this, the power converter is 
fitted with a duplicate set of main current-carrying de- 
vices arranged to conduct armature current in the oppo- 
site direction. This second set of cells is referred to as the 
reverse-bridge while the main set is referred to as the 
forward-bridge. Reversing current and the resulting re- 
verse torque are established in a fraction of a second. 
Economics usually favor the field reversal approach; how- 
ever, either approach is technically adequate. 

A d-c electric-drive system, in addition to providing the 
usual electric-drive features, is occasionally furnished 
with a shunt field regulator that allows the motor to de- 
liver constant power over a range of propeller speeds. 
The mechanical analogy of this feature is an infinitely 
adjustable-ratio reduction gear, which allows the prime 
mover to operate at rated speed while the propeller varies 
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in speed due to changes in loading, Icebreakers and tow- 
ing vessels are among the applications that can benefit 
from this feature. In such cases the restraining effect of 
heavy tows or passage through ice causes wide variations 
in the power-rpm characteristics. On stalled vessels (bol- 
lard condition) the propeller may develop full-power 
torque at approximately 70% of the free-route propeller 
rpm, 

The adaptability of the propulsion motor characteristics 
illustrated in Fig, 3 is obtained by designing the motor so 
that it ean develop full power at the speed corresponding 
to the bollard condition, point "A,” and then weaker the 
field strength of the motor to match any other full-power 
propeller speed up to that of the free-route condition, point 
"B.” Thus the motor has a constant-power range from 
point A to point B. This permits the utilization of full rated 
capacity through a varying propeller characteristic speed 
range; however, a motor designed for this operation would 
be larger and more expensive than a motor designed for 
operation at point B only. 

On vessels where the ship-service power is derived from 
the propulsion bus, an isolation transformer is recom- 
mended to provide ground isolation between the two 
buses. On a relatively small number of d-c drives, filters 
are added to the power system to reduce the amount of 
voltage distortion in the ship-service system due to the 
harmonic current flow from d-c drives. Power quality and 
filtering are discussed in Section 1. 

2,2 Power Converters for Direct- Current Drivei. Di- 
rect-current systems have been used on by far the great- 
est number and variety of installations. The most common 
d-c system consists of multiple high-speed diesels driving 
direct-coupled a-c generators synchronized to a common 
bus. Connected to this bus are static power converters, 
which rectify the a-c to d-c and in turn feed power to one 
or more d-c motors driving the propeller shaft. 

The six silicon-controlled rectifiers (SCRs) in the power- 
converter circuit illustrated by Fig. 4 are arranged to 
conduct in pairs to connect the terminals of the d-c propul- 
sion motor sequentially to successive phases of the con- 
stant-frequency a-c power source. The SCRs in Fig. 4 are 
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numbered in the order in which they conduct [12]. The 
numbering sequence is continued in Fig. 5, which illus- 
trates the sequence of current in each cell. This process 
produces a d-c output voltage with a characteristic ripple 
of six times the input frequency, as shown in Fig. 5. 

Figure 6 shows a power circuit that is most commonly 
used on higher-power twelve-pulse marine drives [9]. As 
illustrated, the twelve-pulse converter circuit uses two six- 
pulse converters fed by separate transformer windings 
connected so as to produce two output voltages displaced 
by 30 deg. The voltage applied to one bridge by the delta* 
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connected set of windings is in phase with the primary 
voltage, while the wye voltage is phase displaced by 30 
deg. 

The phase shift of 30 deg between secondary voltages 
produced by the transformer, which is indicated in Fig. 6, 
is the key to the converter being able to operate iii a 
twelve-pulse mode, because it is that phase displacement 
which shifts the position of the d-c ripple voltages to give 
a characteristic fundamental ripple of twelve times the 
input frequency, as illustrated in Fig, 7 [8]. 

The interphase transformer connecting the converters 
to the motor in Fig. 6 is required to allow each of the two 
six-pulse power converters to have a d-c output ripple 


differing in phase from the other. In addition to ripple 
isolation, the interphase transformer adds inductance to 
the motor circuit, which acts to smooth the d-c output. 

As a consequence of constructing the output wave form 
from evenly spaced segments of the supply voltage, the 
current is drawn in generally uniform segments from 
each phase of the input Therefore, the frequencies of the 
harmonic currents in the a-c supply are a simple series of 
odd-numbered frequencies. The expected amplitudes of 
the harmonic currents for both six- and twelve-pulse con- 
verters (relative to a fundamental current of 1.0) flowing 
in the power system can be estimated by using the data 
published by the IEEE Static Power Converter Committee 
and listed in Table 1 [7]. Because the amplitude and fre- 
quency of the harmonics are known, it is possible to design 
tuned filters to improve the quality of the propulsion bus 
power. 

An inspection of Table I shows that the amplitudes of 
the 5th and 7th harmonics for a twelve-pulse converter 
are expected to be considerably lower than those of a 
six-pulse circuit. This occurs when two six-pulse power 
converters are operated in parallel but phase displaced by 
30 electrical degrees, which Is ordinarily accomplished by 
using delta-delta and delta-wye transformer connections, 
A convenient way of visualizing this is to consider the 5th 
harmonic current as a vector rotating in the direction 
opposite the fundamental at 5 times the fundamental fre- 
quency, Likewise the 7th harmonic current is a vector 
rotating in the same direction as the fundamental at 7 
times the fundamental frequency. When the fundamental 
is phase shifted by 30 deg by the delta-wye winding of the 
transformer, the 5th harmonic component appears to he 
rotated by (5 x 30) + 30 or 180 deg when viewed from 
the primary of the transformer. The 5th component phase 
shifted by 180 deg then cancels the 5th component from 
the other circuit that is not phase shifted. The 7th har- 
monic rotates in the same direction from the fundamental 
and is, therefore, rotated by (7 X 30) — 30 or 180 deg, 
providing cancellation for the 7th harmonic current. 

Power converters are generally housed in cabinets, 
which are cooled by internal fans that force ambient air 
over the semiconductor devices and their mounting struc- 
tures; however, in some cases, liquid-cooled converters 
are used. Marine equipment is usually rated for operation 
in a 50 C ambient Ventilating systems should be arranged 
to maintain the room temperature well within the equip- 
ment ratings under all ambient conditions. Estimates of 
the losses from the converters can be obtained from the 
manufacturers or assumed to be approximately 1% of the 
drive rating. Converters should be located in spaces that 
are protected from the oil vapors that are common in 
engine rooms, 

2.3 Physical Characteristics of Motors for D-C 
Drives. Motors are manufactured with one or two arma- 
tures mounted on a single shaft, which is generally sup- 
ported by two bearings. From the standpoint of minimum 
cost and weight, a single-armature motor is preferred; 
however, a double-armature motor may be used where 
the diameter is restricted or where the added reliability 
of two separate electrical units is desirable. Figure 8 can 
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Table 1 Amplitudes of harmonic currents (relative to a fundamental value of 1.0) [7] 


Harmonic 

No, 

6-Pulse 

12-Pulse 

Harmonic 

No. 

6-Pulse 

12-Pulse 

5 

0.192 

0.0192 

29 

0,014 

0.0014 

7 

0,132 

0.0132 

31 

0.012 

0.0012 

11 

0.073 

0.073 

35 

0,011 

0.011 

13 

0,057 

0.057 

37 

0.01 

0.01 

17 

0.035 

0,0035 

41 

0.009 

0.0009 

19 

0.027 

0.0027 

43 

0.003 

0,0008 

23 

0.02 

0,02 

47 

0,008 

0.008 

25 

0.016 

0.016 

49 

0,007 

0.007 
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Fig. 8 Approximate diameter of cf-e propulsion motors 

be used to determine the approximate diameter of a sin- 
gle-armature propulsion motor that has Class F insula- 
tion. The data in Fig. 8 may he useful when analyzing 
arrangements that impose restrictions on the motor di- 
ameter. 

An alternative arrangement that may be used where 
space and weight limitations are severe is one in which one 
or more high-speed motors are connected to the propeller 
shaft through reduction gears. Higher-speed motors usu- 
ally offer reduced cost, weight, and space requirements. 
However, evaluations for such proposals should take into 
account the additional cost, weight, and space required 
for the reduction gear and lubrication system. The type 
of d-c motors used with reduction gears often include 
grease-lubricated antifriction bearings, which require no 
external lubrication system. 

When small- to medium-sized directly connected propul- 
sion motors are used, it is common practice to include the 
main thrust bearing in the motor assembly. The thrust 
bearing can be located at either end of the motor, but 
positioning the thrust hearing opposite the drive end of 
the motor permits the use of a smaller thrust collar and 
one that can be removed readily from the end of the motor 
shaft When geared motors are used, the thrust bearing 
is ordinarily located in the reduction gear. In some higher- 


horsepower, direct-drive arrangements, it may not be fea- 
sible to provide sufficient rigidity in the motor support 
structure to also serve as the thrust bearing foundation. 
For this reason the main thrust bearing on large d-c ma- 
chines may be located aft, separate from the motor. Both 
the thrust bearing and motor bearings have similar lubri- 
cating-oil requirements and can be served from a common 
lubrication system. 

Motors for use with power converters require special 
designs that take into account the effects of the power 
converter's inherent a-c ripple component superimposed 
on its d-c output. The ripple a-c component must pass 
through the brushes and commutator of the d-c machine; 
therefore, allowances must be made in the design and 
material selections so that the service life of the commuta- 
tor is not consequently shortened. Some d-c machines re- 
quire an external d-c reactor to reduce the ripple current, 
in order to be compatible with the design of the commuta- 
tor. Additional heating takes place in the d-c machine be- 
cause of the a-c ripple component introducing hysteresis 
and eddy-current losses in the magnetic structure. Be- 
cause of this, extra material and attention to adequate 
cooling are required to ensure that copper windings oper- 
ate within allowable temperature limits. A six-pulse power 
converter has a higher a-c ripple amplitude than a twelve- 
pulse converter and, therefore, imposes more restrictions 
on the design of a d-c motor. Motors are normally of the 
shunt-wound type, separately excited by power supplies 
located in the power-conversion equipment. Excitation 
equipment includes redundancy and other features to en- 
sure continuity of power under almost all circumstances, 
which is consistent with the importance of maintaining 
propulsion power control. 

Smaller d-c propulsion motors are usually fitted with 
separate a-c motor-driven blowers, which ventilate the 
machine with room air. Since the blower must be running 
whenever the motor is energized, a small a-c motor starter 
for the blower is usually located in, and controlled from, 
the power converter. Fans mounted on the shaft of the 
d-c motor are not recommended for cooling since the shunt 
field, with its constant losses, would not be adequately 
cooled at low motor speeds. In larger installations, where 
the heat loss is considerable and the machine is likely to 
be located some distance from the source of outside air, 
motors are fitted with a closed ventilating system where 
an a-c driven blower forces air through a water-to-air heat 
exchanger. 
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Section 3 

Alternating-Current Propulsion-Drive Systems 


3,1 System Characteristics, Alternating-current pro- 
pulsion-drive systems are usually applied to vessels in 
the moderate- to high-power range. Alternating-current 
motors can be readily built for a rating of 60,000 hp, and 
there is no significant physical constraint concerning the 
maximum propulsion power that can be installed- Either 
integrated or dedicated power system arrangements 
(which are discussed tn Section 1) can be used with a-c 
propulsion; however, integrated systems are usually se- 
lected, particularly for passenger ships. As is the practice 
with integrated power systems, large ship-service motor 
loads are connected directly at the main bus voltage level, 
with smaller loads served from step-down transformers 
and motor-generator sets provided for sensitive loads. 
There are no restrictions on the types of prime movers 
that can be used, but medium-speed diesel engines are the 
common generator-drive selection. The generating capac- 
ity required for most large systems necessitates the use 
of medium* voltage (4160 or 6900 V) equipment on the 
main switchboard. 

Alternating-current motors have lower losses than d-c 
motors and, therefore, provide a higher overall transmis- 
sion efficiency. The total loss in an a-c electrical transmis- 
sion system, between the prime mover and the propeller 
shaft, is in the range of 6 to 8%. Another advantage with 
the selection of an a-c motor is the elimination of the 
maintenance associated with a d-c motor commutator. 

Within the moderate- to high-power range of electric 
propulsion systems, the majority of motors are of the 
synchronous type with wound fields. The typical 96 to 98% 
efficiency of a direct-drive synchronous motor is usually 
8 to 4% higher than for a comparable induction motor. In 
addition to the higher efficiency, the relatively larger air 
gap between the rotor and stator of a synchronous motor 
is more tolerant of misalignment and is, therefore, condu- 
cive to a more satisfactory installation and reduced main- 
tenance. 

In the early applications, a-c electric drives were gener- 
ally associated with the use of turbine prime movers. The 
usual system consisted of a single turbine driving a di- 
rectly connected, high-speed generator which furnished 
power to a single, low-speed, direct-drive motor of the 
synchronous type. The effective gear ratio of turbine 
speed to motor speed was fixed by the ratio of generator 
poles to motor poles. Speed control of the propeller was 
obtained by varying the turbine speed. Without power- 
conversion technology, these early systems were limited 
to one or possibly two fixed speed ratios. The second speed 
ratio was available only on induction motors equipped 
with a pole-changing winding. 

More recent applications use power converters to 
change constant-frequency a-c power into adjustable-fre- 
quency a-c power, also for use by a direct-drive motor of 



Fig. 9 Six-pgJse load- com mu fated inverter circuit 


the synchronous type. The speed of a synchronous a-c 
motor is directly proportional to the frequency applied to 
its stator windings. Therefore, the speed control of an 
a-c electric-drive system is accomplished by adjusting the 
output frequency of the power converter in response to a 
small reference voltage developed from a potentiometer 
or digital position encoder located on the throttle shaft. 

To reverse the direction of a-c motor rotation, the phase 
sequence of voltages generated by the power converter 
is reversed electronically by the converter's built-in regu* 
lator. The rotor of a synchronous a-c motor simply follows 
the frequency and phase sequence rotation of voltage 
applied to the stator windings, 

3.2 Power Conveners for Alternating-Current Drives. 

Power converters change a-c power to d-c power or vice 
versa, or change power from one frequency to another. A 
typical converter used on marine propulsion applications 
consists of an array of controlled rectifier devices ar- 
ranged as shown in Fig. 4, When this same physical ar- 
rangement of rectifier devices is used in a-c converter 
arrangements, such as load-commutated inverters (LCIs). 
as illustrated by Fig, 9, or pulse- width modulated invert- 
ers (PWMs), which are shown by Fig. 10, the single-stage 
power converter is referred to as either a 1 ‘source con- 
verter' 1 or “load converter/' depending on its location in 
the circuit. Conventionally, the source converter is con- 
nected to the incoming power, and the load converter is 
connected to the motor. LCIs and PWMs are called “dou- 
ble-stage converters" because they must convert the 
power twice, once by the source converter and again by 
the load converter. A cvcloconverter (CCV) is another 
class of power converters that is categorized as a single- 
stage power converter, because the power is converted 
only once. Synchronous motors can be used with either 
LCI, PWM, or CCV converters; however, only PWM and 
CCV converters are suitable for induction motors. 

Since the speed of an a-c motor follows the electrical 
power frequency, the combination of power converter and 
a-c motor allows the propeller speed to be adjusted 
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smoothly over the entire speed range. The usual method 
of controlling motor speed is to have the power converter 
respond to a small reference voltage developed from a 
potentiometer or digital position encoder located on the 
throttle shaft. On controllable-pitch propeller systems, the 
converter reference may also be linked to the pitch control 
to optimize propulsive performance. For fixed-pitch pro- 
peller installations, the direction of motor rotation is easily 
changed by electronically reversing the phase sequence 
applied to the motor. 

The use of microprocessors in the control of power con- 
verters has largely replaced the use of analog circuits. In 
addition to allowing smooth and responsive control of the 
propulsion motors, the use of microprocessors has allowed 
software to accomplish a number of useful functions and 
features that previously were too difficult or expensive 
to achieve in hardware. For example, programs executed 
by the microprocessors are able to dynamically predict the 
motor temperature by feeding data into a mathematical 
thermal model of the motor that provides an advance 
warning when motor overheating can be expected. A simi- 
lar modeling technique can be used to provide advance 
warnings for the power-handling devices in the power 
converter, enhancing availability of the equipment. Micro- 
processors are also used to perform self-checks and advise 
the operator if any abnormal conditions are found. Much 
emphasis is placed on the built-in diagnostics and repair 


software that enable the operator to perform ail but the 
major maintenance activities. 

The heat generated in the cells of a power converter is 
removed by either air- or water-cooling provisions. Air 
cooling generally results in larger equipment for a given 
rating and imposes an additional heat load on the ship's 
HVAC system; however, the majority of converters are 
cooled by internal fans that force ambient air over the 
semiconductor devices and their heat sinks. Water cooling 
permits a more compact equipment arrangement, but re- 
quires a closed primary cooling loop to circulate deionized 
water through the semiconductor heat sinks and through 
a water-to-water heat exchanger connected to the ship’s 
chilled- water system. The flow, temperature, and conduc- 
tivity of the deionized water system must be monitored. 
Figure II is a diagram for a deionized-water cooling sys- 
tem as typically used in a load-commutated inverter instal- 
lation. The interfaces between the deionized water and 
the semiconductor heat sinks must be designed to ensure 
leak-free service. 

Figure 12 is a photograph of a silicon-controlled recti- 
fier, with gate-control wires attached, which is typical of 
those used in marine propulsion power converters. Figure 
18 illustrates an air-cooled heat-sink arrangement for the 
rectifiers, and a water-cooled arrangement is shown by 
Fig. 14. 

Cycloconverters . Although cydoconverters (CCVs) 
were applied to synchronous motor drives as early as the 
1930s [13], it was the more recent development of solid- 
state power electronic devices, namely, the silicon-con- 
trolled rectifier, which enabled the cycloconverter to be- 
come an attractive technology for use on adjustable-speed 
marine propulsion motors. Several icebreakers and cruise 
ships have been fitted with CCV drives for main pro- 
pulsion. 

A cycle converter uses silicon-controlled rectifiers 
(SCRs) as switches to connect the terminals of the a-c 
propulsion motor to successive phases of the constant- 
frequency a-c power source, thereby fabricating a lower- 
frequency adjustable alternating voltage wave form for 
use by the propulsion motor. For purposes of illustrating 
the operating principle and wave forms of a CCV, a single 
phase of a three-phase six-pulse CCV is connected as 
shown in the circuit of Fig. 15. This basic configuration 
uses both forward and reverse conducting bridges to con- 
struct an output wave form with both positive and nega- 
tive parts. During operation, the conduction period of each 
cell is controlled so that the output wave form is con- 
structed as an approximation of a sinusoid. The funda- 
mental component as well as the output wave form is 
shown in Fig. 16. 

As a consequence of this method of constructing the 
output wave form, the current drawn from each phase 
of the input is composed of generally nonuniform and 
nonsynchronized segments of the output current wave. 
The significance of this is that the harmonic currents 
drawn by the CCV are no longer the simple series of 
harmonics of a rectifier, but are a spectrum of components 
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Fig, 1 1 Deionized -water cooling system diagram for a load-corn my toted inverter installation 


Fig. ]2 Typical silicon- con fro] fed rectifier used in marine power converters 





Fig, 13 Silicon -controlled rectifier with air-cooled heat sink 


Fig- 14 Si I icon -controlled rectifier with water-cooled heat sink 


ELECTRIC PROPULSION DRIVES 


317 



THREE PHASE 



Fig. 16 Single-phase cydoconverter output wove form 


oiesel powered synchronous generators 

3zfi250WA,<l$QV,SOHz 



Fig. 17 Typical cycloconverter drive system far a light-duty icebreaker 


approaching a continuous function when changes of am- 
plitude as well as frequency are considered. Conse- 
quently, tuned filters, such as those used to improve 
power quality on d-c, LCI, and PWM drives, are not an 
effective means of performing the same function on CCV 
drives, 

A twelve-pulse CCV fi'equency changer uses twice the 
number of SCR cells as a six-pulse circuit. As is the case 
with d-c to a-c converters, an increase in the number of 
pulses leads to reduced harmonic amplitudes in the output 
wave form. In this respect a twelve-pulse CCV will pro- 
duce fewer harmonics than a six-pulse converter of the 
same rating. It should be noted that, depending on the 
control scheme used by the designer to sequence the con- 
duction of the SCRs, the magnitude of harmonic ampli- 
tudes and input displacement power factor can vary sig- 
nificantly [14]. 

Roth the output frequency and voltage of a CCV are 
controlled by varying the angle at which the SCRs are 
allowed to start conducting. By delaying the conduction, 
a lag between the current and input voltage is introduced 
in the input power system. This characteristic is most 
notable in icebreaker applications where ice conditions 
produce a need for high torques at low propeller speeds, 
which are reflected to the CCV as high currents at low 
voltages. The simultaneous demands for high current and 
low voltage place extra demands on the power system, 
which must be satisfied by larger and more costly genera- 
tor designs. However, the ability to develop a high torque 
at zero speed is not an important feature for most ships. 

When applied with an appropriate control system, a 
cycloconverter can mimic the dynamic characteristics of 
a d-c motor by providing high shaft torques from zero to 
full shaft rpm, and can quickly reverse the rotation of 
the propeller [15]. Figure 17 shows the arrangement and 
ratings of the electrical equipment on a typical light-duty 


icebreaker with a CCV-type static frequency changer. 
Transformers are used between the main bus and the 
input to the power converter to match the 4160 V genera- 
tor voltage to 1200 V required by the design of the CCV. 
Wye and delta connections of the transformer windings 
are used to phase shift the output voltage to achieve har- 
monic cancellations. 

Three-phase to three-phase cycloconverters are com- 
monly built in two forms, either with 18 or 86 thyristor 
switched paths. The two forms differ in the power-factor 
demands from the power system as well as m the input 
power and motor torque pulsation characteristics [16]. A 
twelve-pulse 36-leg CCV has been used on cruise ship 
applications and produces a satisfactory output wave 
form up to approximately 20 Hz. 

The basic building block of a CCV frequency changer 
is identical to d-c power converters that have both forward 
and reverse conducting bridges. This is illustrated in the 
circuit of Fig. 15 for a single phase of a CCV, and in Fig, 
18 for a complete 36-leg twelve-pulse CCV drive. 

The cycloconverter typically used for ship propulsion 
belongs to the class of frequency converters that depends 
on the supply voltage to commutate the current from one 
cell to the next. The generator that supplies this voltage 
and the associated reactive power sense the CCV as a load 
with a power factor ranging between 0.75 to 0.85 at full 
motor speed, with the power factor decreasing as the 
speed is reduced. This tends to increase the size of the 
generators required. The motor, however, benefits from 
the effects of the CCV since it does not have to be designed 
to deliver any reactive power to the CCV. The power fac- 
tor of the synchronous motor is usually specified as unity 
(1,0) when it is to be driven by a CCV. In contrast to this, 
a motor with the same power rating for use with a load- 
commutated inverter drive would be designed for a 0.9 
power factor. 
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Fig. 18 Twefve'pulie cycloconverter drive circuit 


Load-commutated inverters. The basic circuit of a 
load-commutated inverter (LCI) is constructed from two 
power converters— a source converter and a load con- 
verter— as shown in Pig. 9 [12], The source converter is 
connected to the incoming power to rectify a-c to d-c # and 
the load converter is connected to invert the d-c back to 
a-c for use by the propulsion motor. A d-c link reactor 
connects the d-c output of the source converter to the d-c 
input of the load converter. The link reactor is an energy 
storage device that attenuates the d-c output ripple of the 
source converter and also helps isolate the power system 
from any torque pulsations that may originate in the pro- 
pulsion motor or be transmitted by the propulsion shaft- 
ing system. 

The commutation of current (the transfer of current 
from phase to phase) in the load converter depends on 
the synchronous propulsion motor (the load) supplying 
voltage for commutation by operating at a leading power 
factor. When operating under these conditions, the se- 
quence of the silicon-controlled rectifier (SCR) conduction 
and paths of current flow during a complete electrical 
cycle of the LCI circuit will follow the illustration of Fig. 
19 for a six-pulse configuration. Heavier-weight lines in 
the figure indicate the paths carrying current in each of 
the six possible combinations shown. The resultant mag- 
netomotive force represents the rotation of the magnetic 
field within the motor, which produces shaft rotation. The 
simplified motor represented in the figure implies one 
mechanical shaft rotation for each electrical cycle, a two- 
pole machine. In practice the motor will have many pairs 
of poles. 

Below approximately 10% speed, the motor (load) can- 
not generate enough voltage to commutate the d-c to a-c 
inverter bridge. Therefore, operation of the motor below 


SCFII 

eJ 1 

sen* 

J 

fiCRjJ 

SCP5 

; 

I 

7j 

l3J 

f 

1 

pJtt# C 

Sd 


sen, 1 SC 1 ..’ 

Ji J 

SCflS 

E J 

: rrf 

SCfu SGH6 

J J 

SCh.2 

i 



\ 


Fig. 19 Lood 'Commutated inverter conduction sequence 


10% speed is accomplished by synthesising a low-fre- 
quency a-c wave by sequentially turning on the rectifier 
power semiconductors and letting the naturally occurring 
zero crossings of the a-c line do the commutating. This 
scheme tends to produce somewhat pulsed motor torque 
characteristics at low speeds. However, acceleration 
through this speed is usually rapid due to the low load 
torque of the propeller. A more sophisticated technique, 
which may be employed on a twelve-pulse converter, is to 
operate the two converter bridges and the two-winding 
motor as a two-phase CCV. The software in the LCI con- 
troller would be designed to automatically switch modes 
from LCI to CCV operation as required by low motor 
speeds. 

Motors for LCI service are usually rated at 0.9 power 
factor, since they must provide commutating power for 
the inverter. The generators must also supply reactive 
power to the rectifier section of the LCI, which also ap- 
pears as a 0,9 power factor load at full load. 

The proper timing of commutations is under the control 
of an electronic regulator, which initiates the events by 
applying a pulse of power to the gate terminal of the 
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oncoming controlled rectifier. To aid the regulator in com- 
puting the proper time to initiate gate firing, information 
concerning the rotor’s position is often supplied by a shaft 
position encoder mounted on the end of the motor shaft. 
The load-commutated inverter output is determined by 
the frequency of the motor. 

Load-commutated inverters for higher-power motors 
are usually designed with 12-pulse converters. However, 
18- or 24-pulse circuits may be constructed, using a variety 
of transformer and converter configurations, where the 
reduction in harmonic amplitudes from such arrange- 
ments is found to be advantageous. Close engineering 
coordination of the motor and power converter parame- 
ters is required because the motor winding will of neces- 
sity be of special design and often will require more termi- 
nal connections than one of conventional design. Several 
circuit configurations have been used to arrange 12-pulse 
power converters. Figure 20 shows one such circuit that 
could be applied to higher-power 12-pulse marine propul- 
sion drives. As illustrated, the 12-pulse converter circuit 
makes use of two 6-pulse converters fed by separate 
transformer windings connected to produce two output 
voltages displaced by 30 deg. The voltage applied to one 
bridge by the delta-connected set of windings is in phase 
with the primary voltage, while the wye voltage is phase- 
displaced by 30 deg. An output transformer is not re- 
quired when the motor, as shown in Fig. 20, is constructed 
with two sets of isolated windings, also displaced by 30 
deg. Higher-order drives of 18- or 24-pulse circuits may be 
constructed using a variety of transformer and converter 
configurations [8], As with other power converters, an 
increase in the number of pulses will reduce harmonic 
amplitudes in both the input and output wave forms but 
will require additional equipment. 

If tuned filters are contemplated for use in the power 
system to lower the harmonic levels, consideration should 
be given to having an analysis conducted to be certain 
that unwanted resonances will not occur because of modu- 
lation of the main bus voltage by frequency disturbances 
originating in the mo tor/LCI /propeller system. 

An LCI allows power to flow in either direction, to or 
from the propulsion motor. During fixed-pitch propeller 
reversals, the propulsion motor briefly regenerates power 



Fig, 2 1 Propeller reversal sequence with a la ad -commutated inverter 


into the a-c system to slow down the motor before re- 
versing its direction of rotation. Figure 21 shows the three 
LCI operating modes — ahead, regenerating, and astern — 
for a fixed-pitch propeller application. The direction of 
motor rotation is reversed by changing the sequence in 
which gate pulses are applied to the load inverter. Thus, 
astern operation of the motor is determined by an elec- 
tronic regulator rather than by the mechanical operation 
of reversing switches. 

The LCI form of static power converter has been ap- 
plied to a number of industrial motor-drive applications 
but few marine drives. The repowering of the Queen Eliz- 
abeth $ in the late 1980s was a notable application of 
LCI converters to main propulsion. On that ship, the LCI 
power converters are used to start the main motors and 
accelerate them to 72 rpm for low-power high-effieiency 
cruising. At 72 rpm the LCI output frequency is 30 Hz 
and is capable of delivering about 5.5 MW to the controlla- 
ble-pitch propeller. When more power is required, the pro- 
peller pitch is reduced, to develop less torque, and the 
motor is brought up to full rpm by the LCI power con- 
verter, which then produces an output, frequency of 60 
Hz. After reaching 144 rpm the motor is synchronized to 
the main bus and the circuit to the LCI is opened. Once 
connected to the main bus, the propeller pitch may be 
increased to draw the full rated 44 MW from the system. 

Pulse-width modulated converters , The basic circuit 
of a pulse-width modulated (PWM) converter is similar to 
an LCI circuit because it is also constructed from two 
power converters: a source converter and a load con- 
verter. A PWM is distinguished from an LCI by the ability 
of the load bridge to switch off the motor current during 
any part of the a-c wave. Switching of the motor current 
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is accomplished by either forcing the current to zero using 
external energy storage devices or by using a rectifier 
element such as a gate-turnoff (GTO) thyristor, which is 
intrinsically capable of opposing the flow of current. Fig- 
ure 10 shows the basic circuit of a PWM converter using 
GTO thyristor devices [12], 

The source converter is connected to the incoming 
power to rectify a-c to d-c and the load converter is con- 
nected to invert the d-c back to a-c for use by the propul- 
sion motor. A d-c link capacitor helps maintain a constant 
d-c voltage to the input of the load converter. The funda- 
mental component of the a-c output wave is constructed 
by turning the GTO on and off to form variable-width 
pulses as illustrated in the voltage wave forms shown in 
Fig, 10. The proper timing of pulses is under the control 
of an electronic regulator, which initiates conduction by 
applying a positive pulse of gate current and controls 
turnoff by applying a pulse of negative current to the 
gate. 

Pulse-width modulated converters characteristically 
have a relatively high input power factor, which ap- 
proaches 0.9, as compared to systems using either LCI or 
CCV converters, which are in the range of 0.75 to 0.85, 
Higher system power factors can reduce the need for 
generator designs that have special power- factor ratings. 

Regenerative power flowing from the propulsion motor 
during fixed-pitch propeller reversals will raise the d-c 
link capacitor voltage because energy cannot flow back 
into the a-c system. Either a means for dissipating this 
power in a resistor or a duplicate source converter is re- 
quired with the ability to conduct current in the reverse 
direction* The direction of motor rotation is reversed by 
changing the sequence in which gate pulses are applied 
to the load inverter. Thus, astern operation of the motor 
is determined by an electronic regulator rather than the 
mechanical operation of reversing switches* 

The PWM form of static power converter has been ap- 
plied in a number of low- to medium-power industrial mo- 
tor-drive applications but few marine propulsion drives. 
However* higher-speed induction motors, driving through 
reduction gears, have been used for propulsion power in 
some installations. PWM converters are applied in 
thruster drives where medium- to high-speed induction 
motors are favored because of the adverse service envi- 
ronment and the cost advantages. A notable early applica- 
tion of PWM converters was made on the dynamically 
positioned pipe-laying vessel Lorelay , which had seven 
adjustable-speed PWM-induction motor drives for thrust- 
ers and propulsion. 

3*3 Motors for A-C Drives. The insulation systems 
and cooling provisions for motors that are used with either 
cycloconverters or load-commutated inverters require 
special attention to ensure operation within allowable tem* 
perature rises. Motors are normally of the wound-field 
type with excitation supplied by either slip rings or brush- 
less exciters* Brushless exciters should be designed so 
that the required excitation power can be delivered over 
the full speed range of the motor, including zero speed. 
Excitation equipment typically includes redundancy and 
other features to ensure continuity of power, consistent 


with the importance of maintaining propulsion power 
control* 

Induction motors are used infrequently because of the 
efficiency advantage provided by synchronous machines 
in the higher-power range typical of marine propulsion 
installations. 

The power factor required in a synchronous a-c motor 
design is determined by the type of power converter sup- 
plying the machine. Load-commutated inverters require 
motors that can supply a leading power factor to provide 
enough voltage to commutate the inverter. These motors 
are typically rated at 0.9 leading power factor. The effect 
of a 0.9 leading power factor on a motor design is to 
increase the current that the machine must handle, which 
tends to increase the motor size slightly as compared to 
a 1.0 power factor machine of the same frequency and 
rating. Cycloconverters and pulse-width modulated in- 
verters do nbt depend on the motor voltage to commutate 
the power converters and are designed for 1.0 power 
factor* 

The speed of the motor and the power frequency are 
governed by the relationship: 

n — 120 f/p 

where 

n = motor speed, rpm 

/ — power frequency, Hz 

p = number of motor poles (multiples of 2) 

Because the output frequency of a CCV has a practical 
upper limit of about 20 Hz on a 60-Hz power system, 
motors used with CCVs are of the direct-drive type. Mo- 
tors used with LCIs are typically designed for 40 to 60 Hz 
and may either be direct-drive or drive through a reduc- 
tion gear. 

Figure 22 show's the approximate dimensions of single- 
armature motor designs which would be used with CCV 
static power converters. The motors for CCV service are 
designed for frequencies of 20 Hz and below while LCI 
motors are generally designed for frequencies above 40 
Hz; therefore, the motor dimensions vary somewhat for 
the same power and speed. Figure 22 also shows the ap- 
proximate dimensions of single-armature 100-rpm 40-Hz 
motors which would be used with LCI static power con- 
verters* 

Higher-speed motors that drive the propeller shaft 
through reduction gears may also be used with LCI con- 
verters and provide some cost and weight advantages. 
Figure 23 shows the approximate dimensions of conven- 
tionally arranged geared-motor drives. The combined 
length of a motor and gear is longer than a direct-drive 
motor; however, the narrower equipment outline and 
lighter weight could be advantageous in some ship ar- 
rangements. 

While it is possible to locate the main propulsion thrust 
bearing in one of the a-c motor bearing housings, the large 
diameter of higher-horsepower direct-drive motors may 
make it difficult to provide enough rigidity in the thrust- 
bearing foundation to transmit the propeller thrust into 
the vessel’s structure. For this reason the main thrust 
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28 

m 
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Noras; {1} Motor speed is 1 00 rpm 
Dimensions are in incites 


Fig* 22 Approximate dimensions and weights of propulsion motors In eye to- 
converter and foad-co mm uta ted inverter systems 


bearing is often located separate and aft of the motor. 
The thrust and motor bearings have similar lubricating- 
oil requirements and can be served from a common lubri- 
cation system* 

From a standpoint of minimum cost and weight, a sin- 
gle-armature motor should be used where space permits* 
However, a double-armature motor can be used where the 
diameter is restricted or where the added reliability of 
two separate electrical units is considered desirable. 

Thyristor cell failures are rare. When one does occur, 
the cell nearly always fails in the shorted mode. Conse- 
quently, most a-c converters are constructed with redun- 
dant thyristor cells connected in series to allow continued 
operation at full rating, even with the loss of a single cell 
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speed is 100 rpm 






(2) WiQlfr speed is t£00 Tpm 

(3) Dimensions in inches 

Fig. 23 Approximate dimensions and weights of conventionally arranged, 
geared propulsion motors in load-commutated inverter systems 


Because of the physical arrangement of conductors, 
electrical faults in the cables or motor windings tend to 
be single-phase in nature, producing torque pulsations at 
twice motor operating frequency. The duration that the 
shafting system is subject to excitation from fault-induced 
torques can approach several seconds* depending on the 
length of time required by the protective system to detect 
and clear the fault. 

Because the motor can operate over a wide frequency 
range, faults at some operating frequencies can cause 
torque pulsations at frequencies that can be amplified by 
mechanical resonance between the motor and propeller 
via the line shafting [16]. This requires careful analysis of 
the electromechanical system to assure that the shafting 
system is designed properly. Mitigation can be accom- 
plished by automatically programming the motor excita- 
tion to reduced levels when operating in the critical speed 
ranges, by energy-absorbing couplings between the motor 
and the line shaft, by avoiding continuous operation at 
the critical motor speed range, or by combinations of the 
above. 
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Section 4 
Ship Applications 


4.T Oceanographic Ship, AGOR 23. Electric drives of 
the ac-dc type are commonly used for research and survey 
ships of the U.S. Navy, The vessel Thomas G. Thompson , 
AGOR 23, is typical of the arrangements found on these 
vessels. Figure 24 is a simplified one-line diagram of the 
electrical system on the AGOR 23- The propulsion plant 
contains diesel-generator sets that can be synchronized to 
a common 600-volt bus. Each 750 V d-c propulsion motor 
and bow thruster motor is powered by a direct-coupled 
six-pulse static power converter. The power system is ar- 
ranged so that the diesel-generators can be synchronized 
to either the propulsion or ship-service bus section. Two 
step-down transformers are fitted to provide 450 V to the 
distribution switchboard. 

4.2 Dredge, U.3. Army Corps of Engineers, Hurley . The 

dredge Hurley is a 300-ft self-propelled dredge designed 
for use on the inland waterways of the United States, In 
operation the dredge annually clears shipping channels of 
over 20 million cubic yards of material. The dredge is self- 
propelled by three steerable “Z”-type fixed-pitch thrust- 
ers when transiting to the work location and during ma- 
neuvering at the site. Anchors and hauling winches are 
used to provide local movement during dredging opera- 
tions, The operating profile of the dredge, therefore, 
allows the power produced by the generator sets to alter- 
natively be used for pumping or for propulsion. 

Figure 25 is a simplified one-line diagram of the electri- 
cal system on the Hurley * The propulsion plant consists 


of three 900-rpm, 2450-kW f O.S-power factor diesel-gener- 
ator sets that can be synchronized to a common 600 V 
bus. Each of the three 750 V d-c propulsion motors is 
powered by a transformerless six-pulse nonreversing 
static power converter fed from the main bus. Other loads 
served by power converters include two d-c motors, which 
are coupled to the main dredge pump by a multiple-input 
reduction gear, and two smaller jetting pumps. In order 
for the two dpedge pump motors to share load, one power 
converter acts as a master unit controlling speed while 
the second acts as a torque slave to the first. 

Other uses of a-c power include a single-speed a-c induc- 
tion motor coupled to a bow thruster as well as the entire 
ship-service load, which is connected to the main bus via 
step-down transformers. 

4.3 Cruise Ship Crystal Harmony , The twin-SCrew 
cruise ship Crystal Harmony is powered by four 8.2-M W 
and one 3-MW, 0.75-power factor, 60-Hz diesel-generator 
sets, as indicated by Fig. 26. The electric output of the 
diesel-generator sets is connected to a 6,6-kV sectionalized 
main switchboard. Static power converters of the cyclo- 
converter type are transformer coupled to the main bus 
to provide adjustable frequency a-c power to the 12*MW 
direct-drive 1-kV propulsion motors. The propeller is of 
the controllable-pitch type. The major applications of ship- 
service power are connected to the main bus, while trans- 
formers and motor-generator sets serve smaller loads. 
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Fig. 24 Orte-line diagram af the electrical system of the cceoito graphic 
ship AGOR 23 
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Fig, 25 One- line diagram of the electrical system of the dredge 
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Fig. 26 One-One diagram of the propulsion system of the cruise ship Crystal 
Harmony 


4,4 Cable Ship*. The cable ships Global Link and 
Sentinel were designed to lay transoceanic submarine 
communication cable. Cable is payed out at relatively slow 
speeds, and the electric propulsion system enables the 
vessel to maintain proper cable tension while also placing 
the cable in the tract prescribed by underwater surveys 
of the ocean bottom. Reduced power requirements during 
cable-laying operations are met by securing unneeded 
prime movers. 

Figure 27 is a simplified one-line diagram of the electri- 
cal system on the cable ship Global Link and shows that 
the propulsion plant consists of three 3750-kW main die- 


sel-generator sets that can be synchronized to a common 
4160 V bus. Each of the two 4700-hp 750-volt d-c propul- 
sion motors is powered by a twelve-pulse reversing static 
power converter. The shafts of the two motors are coupled 
to the line shaft by a multiple-input reduction gear. Other 
loads served by power converters include two 1750-hp 
d-c motors for rotatable thrusters located at the stern. 
Additional applications of a-c power include a pair of 2000- 
hp single-speed a-c induction motors coupled to bow 
thrusters as well as the entire ship-service load, which is 
connected to the main bus via step-down transformers. 
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One-line diagram of the efeeirico! system of the 
cable ship Gfabat Unk 
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Reduction Gears 


Section 1 
Introduction 


1.1 Early Hittary. It is generally acknowledged that 
Pierre DeLaval was the first to apply a reduction gear for 
ship propulsion with a 15-hp experimental unit in 1892. 
This was followed by Sir Charles Parsons with his 10- 
hp experimental geared-turbine unit in 1897. These were 
experimental units, however, and functional marine re- 
duction gears did not make their debut until some years 
later. 

Just after the turn of the century, the steam turbine 
was being championed for ship propulsion by Parsons and 
others. In a study in 1904 of the probability of the steam 
turbine becoming a successor to the reciprocating engine, 
Admiral George W. Melville and Mr. John H. MacAlpine, 
consulting engineers, reported: "If one could devise a 
means of reconciling, in a practical manner, the necessary 
high speed of revolution of the turbine with the compara- 
tively low rate of revolution required by an efficient pro- 
peller, the problem would be solved, and the turbine would 
practically wipe out the reciprocating engine for the pro- 
pulsion of ships. The solution of this problem would be a 
stroke of great genius.” Parsons in 1909 said, “The solu- 
tion may be found in reverting to some description of 
gearing ... and if a satisfactory solution can be found, 
then the field of the turbine at sea will be further ex- 
tended.” 

Parsons carried on further research and experimental 
work in applying the helical gear to large-scale marine 
installations, and in 1909-1910 he equipped the Vespasian 
with a geared-turbine plant. The gear was rated at 1095 
hp and reduced the turbine speed of 1450 rpm to a propel- 
ler speed of 73 rpm. 

George Westingjnouse, in 1909, demonstrated in a shop 
test a 6000-hp geaii which reduced the speed from a 1500- 
rpm turbine to a 300-rpm hydraulic dynamometer. This 
gear was the forerunner of the 6500-hp gears installed in 
the collier Neptune a short time later. 

The adoption of high-speed helical reduction gears in 
connection with marine propulsion was rapidly accepted 
by engineers all over the world, and this type of equipment 
had a very rapid development. At the end” of 1910 the total 
power of geared marine turbines was about 15,000 shp, 
whereas 30 years later marine propulsion of this type in 
service totaled over 100,000,000 shp. It is interesting to 
note that the last large ship built with direct-connected 
turbines was the passenger liner Ile-de-France, which 


went into service in 1927, The Ile-de-France had a propul- 
sion plant of 52,000 shp divided among four screws, The 
turbines were designed by Parsons and were of the reac- 
tion type. The main turbines contained a total of more 
than 800,000 blades and weighed 1065 tons. 

With the further development of the steam turbine, still 
higher turbine speeds could be used to advantage and the 
single-reduction gear no longer met the need. Engineers 
began development of the double-reduction gear, where 
practically no limits were imposed on the speed ratio that 
could be obtained. This permitted both the turbines and 
propellers to be operated at speeds suitable for their indi- 
vidual maximum efficiencies. Double-reduction gearing 
was first used about 1917. For a few years during and 
after the first world war, many ships were equipped with 
this type of gearing. 

Due to many unknown factors entering into the design 
and use of this new type of reduction gear and also due 
to the unusual operating conditions during the first years 
of use, considerable difficulties were experienced and 
many casualties of reduction gears occurred, which more 
or less slowed the general adoption of double-reduction 
gearing. However, by adhering to sound design principles, 
it was possible to eliminate early mistakes and develop 
satisfactory double-reduction gears and to greatly in- 
crease the application of this type of power transmission. 
This is not to suggest that the development of double- 
reduction gears immediately made single-reduction gears 
obsolete. For higher-powered naval ships with propeller 
speeds above about 200 rpm, single-reduction gears re- 
mained in general use until the early 1930’s. Then, the 
higher rotational speeds of the more modern steam tur- 
bines brought about the demise of single-reduction gear- 
ing for turbine drives in all categories. Single-reduction 
drives still remain the standard, however, for high- and 
intermediate-speed diesel engine service. 

The development of propulsion gearing has been one of 
a continuous improvement and refinement in materials 
and in manufacturing techniques and equipment to pro- 
vide greater reliability and longer life. The horsepower 
ratings of gears have increased to keep pace with the 
requirements for larger and faster ships. There are only 
a few step-advances that can be identified, the step from 
single to double reduction, the introduction of welding 
to the construction of gear wheels and casings, and the 
introduction of higher hardness pinion and gear materials 
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with the attendant higher gear tooth loadings* The reli- 
ability, high efficiency, and long life of the modern reduc- 
tion gear are well known, and its low noise level makes it 
completely acceptable in the engine rootn. These factors 
have been in large part responsible for the continuing 
popularity of the geared-turbine drive for ships. 

1,2 Articulation and Gear Arrangement. The early re- 
duction gear designs incorporated many devices to mini- 
mize the effects of bending and torsion of the pinion and 
of inaccuracies in machining and alignment. However, 
experience has demonstrated that such devices are unnec- 
essary, and gear elements can be so proportioned and 
machined that uniform tooth pressures are obtained with- 
out the use of mechanical devices to compensate for pinion 
deflections. 

Figure 1(a) represents the simplest arrangement of a 
marine reduction gear, i*e*, one pinion meshing with a 
gear, as used, for instance, for connecting a propeller to 
a diesel engine or to an electric motor* It is not used for 
propelling equipment with a turbine drive but, on the 
other hand, it has found a wide application for turbine- 
driven auxiliary equipment on board ship such as genera- 
tors and circulating pumps* 

Figure 1(6) is a drive with two pinions as used fre- 
quently with diesel engines of comparatively large power* 
It is not used for direct connection to high-speed turbines, 
but is often used in the second reduction gear unit of a 
turbine drive using double-reduction gears. 

Figure 1(c) represents the early type of single-reduction 
gear for a turbine drive, the principal difference between 
this reduction gear and the one shown in Fig* !{6) being in 
the number of pinion bearings* The third bearing located 
between the two helices is necessary because of the wide 
tooth face in relation to the diameter of the pinion. While 
some ships with reduction gears built according to Fig* 
1(c) are still in successful operation, this design must be 
considered obsolete. It was used for speed ratios up to or 
slightly above 20 to 1, 

Figure 1(d) is the usual arrangement of a double-reduc- 
tion gear for turbine-driven ships. The two input pinions 
are driven by the two elements (high-pressure and low- 
pressure turbines) of a cross-compound turbine. Power 
is divided between the two input pinions by the turbine 
characteristics and is normally split approximately 
equally between the two turbines. Note that the second 
reduction gear is common to both high-pressure and low- 
pressure trains but that, although it transmits the power 
from both turbines to the gear shaft, the tooth portion is 
designed to transmit the power from one turbine, The 
terms “tandem” and “articulated” are also applied to this 
arrangement; tandem because of the disposition of the 
first and second reductions, and articulated because a 
flexible coupling is generally provided between the first 
reduction or primary gear wheel and the second reduction 
or secondary pinion. 

Figure 1(e) represents the “nested type” double-reduc- 
tion gear, which has also been used with cross-compound 
turbines* The configuration shown has the second reduc- 
tion helices divided to provide space for the first reduction 


and is additionally referred to as a “split secondary*” The 
nested type may also be arranged as a “split primary*” 

Figure 1(f) illustrates the type of gear referred to as a 
locked-train double-reduction gear. In it the power of the 
single input pinion is equally divided between the two 
intermediate-speed elements. Its advantage is that the 
gear elements are proportioned for one half of the input 
horsepower and are therefore smaller than would be the 
case with a single intermediate element. The overall size 
and weight are reduced, but offsetting this advantage is 
the added mincer of parts, the need to provide torsionally 
flexible shafts between the first and second reductions, 
and the need to “time” the assembly to equalize the power 
split between the two trains. The term “dual tandem” is 
also applied to this type of gear. 

Figure 1(g) is a locked-train type of double-reduction 
gear for a cross-compound turbine or for two gas turbine 
prime movers. This arrangement has become standard for 
high-powered naval ships and has been used for higher- 
powered merchant ships because it minimizes the total 
weight and the size of the assembly. 

Figure 1(A) is a planetary gear. It has a single input 
“sun pinion” which drives three or more “planet gears.” 
These planet gears are mounted on a planet carrier which 
is solidly connected to the output coupling. The outer 
“ring gear” is held stationary in the gear housing. This 
type of gear has been applied to turbine-generator drive 
gears and to main turbine drive first reductions. It has 
also been considered for the second reduction of main 
reduction gears. 

Many other reduction gear arrangements are possible 
and have been used* These can be highly varied as in cases 
where more than one type of prime mover is coupled to 
the propeller. 

T.3 Methods of Manufacture* Nearly all gears pro- 
duced in the United States have their teeth cut by the 
bobbing process. In this process the cutting tool is a hob, 
a rotary cutter having one or more leads, with teeth that 
are accurately formed to the “basic rack” tooth form se- 
lected. In the bobbing process the teeth are cut and the 
true involute form of the tooth flanks is generated by the 
continuous rotation of the hob and the gear blank. 

The hob determines the dimensions of the teeth in the 
plane normal to the teeth. The other factors determining 
the tooth geometry, number of teeth, and helix angle are 
obtained by selecting change gear ratios for the bobbing 
machine; the selection of the change gear ratio provides 
a choice of these variables without a change of tooling. By 
adjusting the helix angle (which affects the tooth profile in 
the plane of rotation), it is possible to use a given hob 
(which dictates the tooth profile in the plane normal to the 
teeth) and produce a favorable number of teeth within 
rather broad limits. For this reason, manufacturers stan- 
dardise with a small number of hobs* 

The other cutting process which has been used in the 
U, S. and is still used abroad for large gears is shaping* 
In this process the shaping cutter is either in the form of 
a basic rack section or a small gear, stroking in timed 
relation to the rotation of the blank to generate the tooth 
form. 
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Post-cutting processes are generally applied to further 
refine the accuracy and surface finish of the gear teeth. 
In the cross-axis shaving process, a multitooth cutter in 
the form of a small gear is pressed tight in mesh with the 
gear being shaved. The surface of the tool has serrated 
rectangular grooves and a helix angle that is a few de- 
grees different than the gear being shaved. This differ- 
ence in angles creates a sliding motion that, together with 
the serrations and tight mesh condition, provides the shav- 
ing action. As the gear is rotated rapidly and the shaving 
cutter fed slowly across the gear face, a very light cut is 
taken from the tooth flanks. This results in a finer tooth 
surface and a more precise involute form than can be 
produced by bobbing. The shaving process also makes 
possible the correction of slight mismatch in the helix 
angle of the gear and pinion by selectively shaving that 
portion of the face width which indicates the heaviest 
tooth contact. 


Skiving, a process which uses a carbide-tipped hob, has 
gained popularity as a means of removing distortions of 
case-hardened gear elements. However, the high accuracy 
requirements of marine reduction gears usually precludes 
the use of this process as a finishing operation. 

Gear tooth rotary honing is a process often used to 
improve tooth surface finish. Rotary honing is similar 
to cross-axis shaving, but uses an abrasive tool without 
serrations. Special profile grinding of the honing tool is 
necessary to maintain tooth profile accuracy. 

In the grinding process, the flanks of the gear teeth are 
finished by the action of a grinding machine — simultane- 
ously generating designed tooth form and helix angle. 
Grinding produces very consistent and repeatable tooth 
profile modifications, helix angles, and end reliefs. 
Changes in modification magnitudes and positions are 
easily accomplished to achieve optimum gear tooth load 
distribution ahd lowest mesh noise excitation. 


Section 2 

Tooth Design Factors 


2.1 Tooth Contact Pressure. The most important fac- 
tor in the design of a reduction gear is the tooth contact 
pressure, that is, the pressure which exists between the 
mating tooth surfaces when force is transmitted from one 
to the other. This factor determines the durability of the 
working surfaces of the teeth. 

The tangential force transmitted per unit of gear face 
width is determined from the expression 


where 


— ' - 126,050 

K 


HP 

~RPM p . d ■ F. 


( 1 ) 


W t = total tangential tooth load, lb 

F e — effective face width (at pitch diameter), in. 

RPM p = pinion revolutions per minute 
HP — horsepower transmitted (per mesh) 
d — pitch diameter of pinion, in. 

The allowable tooth load per unit of face width increases 
with the diameter of the pinion because of the decreasing 
curvature of the contacting surfaces. In early gear de- 
signs, particularly in Britain, the allowable tooth pressure 
per unit of face width was taken as proportional to the 
square root of the pinion diameter, that is 


~ (allowable) - Cyfd (2) 

K r 

where C is an experimentally determined constant. 

Yet another expression related the allowable pressure 
to the two-thirds power of the pinion diameter. However, 
neither of these expressions was an accurate measure 
of the actual load-carrying capacity of a reduction gear 
because they did not take into account the contact pres- 
sure between mating teeth. The contact pressure is the 


proper design criterion because it is the factor that deter- 
mines the satisfactory operation and durability of gears. 

For many years, in the U. S., the allowable gear tooth 
pressure for turbine drives was related directly to the 
pinion diameter so that the loading was specified as 
“pounds per inch of face per inch of pitch diameter.” This 
was logical since the curvature of the pinion tooth as it 
affects contact pressure, or more precisely the compres- 
sive stress at the contact surface, is directly proportional 
to the pinion diameter. Then 

~ (allowable) = J . d (3) 

K 

where J is an experimentally determined constant, with 
units of pounds per inch of face per inch of diameter. 

When gear dimensions are known, the J factor can be 
calculated as follows: 

W t 126,050 * HP 
~ F € .d " RPM p * F e 

The foregoing relationship, although an improvement, 
is not precise because it ignores the effect of the curvature 
of the mating tooth. A further refinement which takes 
this into account is 

W t R 

tt (allowable) = JST -— -d (4) 

r e rC ’T' 1 

where R is the gear ratio and A' an experimentally deter- 
mined constant This factor K t representing the allowable 
tooth surface stress, is the familiar “A-factori* by which 
gear loadings are now generally specified. Note that the 
A^-factor is simply the loading per inch face per inch diame- 
ter, Jin equation (3), multiplied by (R -h 1 )JR, Where gear 
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Fig. 2 Involute geometry 


design details are known, the ^-factor can be determined 
by the following relationships: 



W t R + 1 __ R + i 
F,-d R ~ J R 
126,050 .HP {R + l) 
RPM p . <P ■ F t R 


(5) 


It can be shown that the A'-factor is a good measure of 
tooth surface stress, i.e., the maximum compressive 
stress to which the tooth materials in contact are sub- 
jected. 

Referring to Fig, 2 it can be seen that the total tooth 
loading in a helical involute gear is carried by a series of 
straight contact lines extending diagonally from the tip 
to the root of each meshing pair of teeth, the total force 
normal to the surfaces in contact is 


W m 


cos • cos ill 


126,050 . HP 
cos <f>„ ■ cos ^ . RPM p ■ d 


( 6 ) 


where 


w « = total load normal to contact lines, lb 
= pressure angle (plane normal to teeth) 

— helix angle 

The average total length of all the lines of contact is 


where 



( 7 ) 


- average total length of all contact lines, in. 
Z — length of line of action, in, 

P n — normal base pitch, in. 
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Dividing equation (6) by equation (7) the loading per 
unit of contact line length is equal to 

(8) 

where W n is the tooth load per inch of contact line in 

pounds per inch. ... 

The radius of curvature of the pinion tooth at the pitcn 

diameter is 


d sin <J> 
2 cos ifi* 


( 9 ) 


where 

p p = radius of curvature, in. 

<j> = pressure angle in plane of rotation 

tan <J>, 

= tan 1 — 

cos i|< . , ,. 

= base helix angle (helix angle at base circle diame- 
ter) = sin" 1 sin \j/ cos <f> n 

and of the gear tooth is 


D sin 4> 
2 cos ij»* 


Rp P 


( 10 ) 


where D is the pitch diameter of the gear in inches and R 

1S> The relationships of helical involute geometry involving 
pressure angles, lines of contact, lines of action, etc. are 
described in numerous places in the gear literature, e.g., 
r6f6F6TlC6 1, 

The tooth elements in contact may be considered to be 
elements of two tangent cylinders in contact under an 
applied force. The compressive stress between two cylin- 
ders is given by the Hertz equation: 


S = 


4 


0.175 j E 
Li 


Ti + Tj 

n - r 2 


where 

S = maximum compressive stress between sur- 
faces, psi 

p/L, = loading per inch of length, lb/in. 

E = modulus of elasticity, psi 
r„ r 2 = radii of cylinders, in. 

Substituting equations (5) to (10) in this Hertz equation, 
the compressive stress between the pinion and gear teeth 
becomes: 

s --( 4680 >/S+)' /g (1 - 1) 

The first terra includes the modulus of elasticity and geo- 
metric factors, which are chosen by the gear designer. 
However, within practical limits, for steel gears with well 
proportioned tooth geometry, this term cannot be varied 

significantly. — , 

The second term is the square root of the A-factor and 
shows that gears of equal A-factor will have nearly equal 


compressive stress. With the compressive stress propor- 
tional to the square root of the A-factor, it would follow 
that if the allowable stress is considered to be directly 
proportional to the material hardness, then the allowable 
A-factor should be proportional to the square of the mate- 
rial hardness. 

Despite the apparent mathematical exactness of these 
formulas, many effects on tooth durability are not evalu- 
ated by them. Some of these effects, such as the bending 
and torsion of the pinion, can be analyzed; but others can 
be evaluated oily by service experience. Among the latter 
are the precision with which the tooth surfaces are formed 
and the tolerance to small misalignments, vibratory 
forces, and the inevitable foreign particles, which tind 

their way into the teeth mesh. 

Satisfactory values for the A -factor have been estab- 
lished by experience for the materials in common use, and 
the commonfy specified values are discussed m Section 
3.8. It may be noted that the A-factor controls the size ot 
the reduction gear unit. For a given set of horsepower 
and rpm conditions, the volume and weight of the gear 
will vary in nearly inverse proportion to the A-iactor. 

It is also significant that the A-factor and the pitch, or 
coarseness, of the teeth are independent. Under the as- 
sumption that the tooth pressure is uniformly distributed 
over the contact lines, that is, uniformly distributed from 
the tip to the root of each contacting tooth, the contact 
compressive stress is affected to only a slight degree by 
a change in pitch. However, the practical requirements 
for greater tip relief with coarser teeth make the tooth 
extremities of coarser teeth less effective in carrying their 
share of the load. In other words, the assumption of uni- 
formity of tooth pressure from tip to root, which leads to 
a minimal calculated value of surface stress, is less valid 
for coarser teeth. Unfortunately, there is no precise proce- 
dure for evaluating this effect. 

2.2 Tooth Bonding Strength. In addition to providing 
the surface necessary to sustain the contact loading im- 
posed upon gear teeth, the teeth must also withstand the 
bending moments tending to bend or break the teeth at 
their roots. Since the teeth are cyclicly loaded at a high 
rate, the bending stresses in the root portion of the tooth 
must be kept well within the fatigue or endurance limit 

of the material. . . 

To arrive at a formula for bending stress, it is necessary 
to make the same assumptions of uniform distribution of 
tooth pressure over all lines of contact. The loading per 
inch of contact line developed earlier is 

( 8 ) 

rf n t 

For a spur gear tooth the highest bending stress occurs 
when the load is acting at the extreme tip of the tooth. 
The tooth form factor Y, which relates the tooth loading 
to bending stress at the root, is 

Y = — (12) 

6A 

where t is the tooth thickness at the root and h the tooth 


REDUCTION GEARS 


331 


Table 1 Diagonal loading factor 


Heux 

Angle 

k 

0 

1.000 

LG 

0,850 

20 

0.770 

30 

0.713 

40 

0.670 

45 

0.653 


height dimension, both in inches. These tooth dimensions 
are shown in Fig, 2. For a spur gear, the bending stress 
at the root is computed as 




%hW n 

t* 


(13) 


This same relationship also holds for helical gears but, 
although the assumption that the loading is tip-applied is 
good for spur or low helix angle gears, it is invalid for 
steeper helix angles where the loading extends diagonally 
over a portion of the tooth. Therefore, a diagonal loading 
factor should be applied. This is particularly true when 
comparing designs with different helix angles. The stress, 
as given in the foregoing, should be reduced by a factor, 
k, which is a function of the helix angle. Equation (13) 
then becomes 




k . %hW n 
t 2 


(14) 


where k is the diagonal loading factor. Values for the 
diagonal loading factor are given in Table 1. Factors for 
intermediate values of the helix angle may be determined 
by interpolation. 

By substituting equations (6), (7), and (8) into equation 
(14), the bending stress in the root of the helical gear teeth 
becomes 


S b = k 


W t 6 h . P n 

F e Z ■ t 2 ■ cos <$> n ■ cos \p 


(15) 


Equation (15) contains the important variables affect- 
ing bending stress. Further refinement, or a more precise 
assessment of the stress as it determines the bending 
fatigue strength of the teeth, can be made by including 
two additional factors. One is the compressive stress 
across the tooth root cross section due to the radial compo- 
nent of the tooth load, which acts to reduce the bending 
stress on the tension side; the other is the stress concen- 
tration created by the root radius adjacent to the critical 
bending cross section. Both of these additional factors are 
included in the bending strength derivation in the military 
specification for reduction gears [2]. 

Referring to equation (15) it can be seen that the bend- 
ing stress, S bj is directly proportional to the tangential 
tooth load per inch of face and inversely proportional to 
the first power of the tooth dimensions. Other variables 
are of secondary importance and change very little with 
well proportioned teeth in the usual range of helix angle 
and pressure angle. As a good approximation, the bending 
stress formula can thus be simplified to 


s b = cu 


(16) 


where 


C — a constant depending on the tooth proportions, 
helix angle, pressure angle, etc. 

W 

U — unit loading = — ' NDP 

K 

NDP = normal diametral pitch of teeth 


The normal diametral pitch is in inverse proportion to 
the linear dimensions of the tooth cross sections and is, 
therefore, an accurate reference for tooth size. As a re- 
sult, the unit loading, which is simply the tooth loading 
per inch of face multiplied by the normal diametral pitch, 
is a convenient measure of bending stress, just as the K - 
factor is a measure of surface stress. The allowable unit 
loadings are generally in the range of 6000 to 8000. How- 
ever, this range may be safely exceeded with proper stan- 
dards of alignment accuracy, metallurgy, etc. High-pow- 
ered naval vessels employ unit loads well above 10,000. 

From the consideration of bending stress alone, it would 
appear quite easy to lower the bending stress simply by 
increasing the si 2 e of the teeth. However, this entails 
compromises with surface stress, scoring, and noise con- 
siderations; consequently, the tooth pitch must be selected 
to provide the best balance of all factors. 

2,3 Tooth Scoring. The action of two involute tooth 
surfaces when rotating in unison is such that the con- 
tacting surfaces both roll and slide over each other. At 
the pitch line point of contact, the sliding component is 
zero and the contacting surfaces are in pure rolling con- 
tact. But the sliding component increases with the dis- 
tance from the pitch line and is a maximum at the tooth 
extremities, tip and root. This sliding action, if sufficiently 
severe, can cause scoring of the tooth surfaces. This scor- 
ing or galling is an actual fusing or welding together of 
particles of the contacting surfaces. Under the continued 
motion, particles are torn from one surface and either 
deposited on the other surface or released. 

Scoring, which results in a serious deterioration of the 
tooth surfaces, is not to be confused with the minor 
scratching of the tooth surfaces that results from the 
passage of minute particles between the teeth. Scratching 
under certain light reflection can appear to be scoring. 
Scoring, however, is rough to the touch. For a comprehen- 
sive discussion of the various modes of gear tooth failure 
and some practical experiences in this regard, see refer- 
ence 3. 

Scoring results from tooth pressure in conjunction with 
a sliding velocity. Historically, the tendency to score was 
assessed by means of a scoring or PVT factor, which 
places a numerical value on a combination of the contact 
pressure and sliding velocity, A definition of the terms and 
formulas for calculating PVT can be found in reference 4, 

A number of additional factors, such as lubricant and 
tip relief, influence the tendency of gears to score such 
that considerable expertise and practical experience are 
required to select the tooth form, materials, surface fin- 
ish, and lubricant to avoid scoring difficulties. 
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DEPTH BELOW SURFACE, MILS 

Fig. 3 Subsurface shear slress and ilrenglh versus deplh 


There is no universally accepted calculation procedure 
that can be used to assess the tendency of marine propul- 
sion gears to score. Gear manufacturers often modify 
methodologies set forth by researchers and correlate the 
results with known scoring failures. The work of Blok [5], 
Dowson and Higginson [6], and Winter and MichaeUs [7] 
are methods that have been used to evaluate scoring risks. 
Emerging as a measure of scoring risk is the Lambda 
ratio, which is as follows: 

, . Oil film thickness 

Lambda ratio = , — 

a/TTTTI 

where J\ is the surface finish of the pinion and f 2 the 
surface finish of the gear. It is generally agreed that if 
the Lambda ratio is greater than LG, the risk of scoring 
will be low. 

The risk of scoring can be reduced with proper design 
attention to surface finishes, oil viscosity, and oil extreme 
pressure (EP) additives, As the gear tooth loading inten- 
sity is increased, these selections and tradeoff studies 
become increasingly important. The uniformity of load is 
also an important consideration. Maldistribution in load 


uniformity will dramatically increase scoring risk. Coat- 
ings, such as silver or copper, provide excellent break-in 
protection and reduce scoring risk. 

2.4 Subsurface Shear Stress. The ratio of the gear 
tooth subsurface shear stress to the material strength is 
a very important design criterion, particularly with case- 
hardened gear elements. Marine gears are typically de- 
signed for a service life of 30 or more years and the 
number of fatigue cycles that a tooth is subjected to ap- 
proaches 10 n cycles in many cases. In order to avoid sub- 
surface fatigue, or spalling, materials and hardening pro- 
cesses must be evaluated to ensure that adequate margin 
or safety factors exist 

The subsurface shear stress is a function of surface 
compressive stress and varies with depth below the tooth 
surface, Also, the fatigue strength in shear varies with 
case and core hardness and, therefore, depth below the 
tooth surfaces. Fatigue strength is also related to cycles, 
A typical plot of shear stress and strength is shown in 
Fig. 3, The tooth strength and stress can be compared for 
any number of cycles. Local material strength can then 
be compared with local stress to determine the margin or 
safety factor concerning subsurface fatigue. 


Section 3 
Gear, Design 


3.1 Determination of Approximate Size of Gears. Shaft horsepower .... *.25,000 hp at 108 rpm 

While the detail design of a reduction gear requires a high HP turbine .. 12,500 hp at 6100 rpm 

degree of skill, it is fairly easy to establish approximate Lp turbin0 12,500 hp at 4100 rpm 

dimensions of a reduction gear. As an example, consider , 

a double-reduction gear which is to be designed to meet First eduction A i actor K x — 140 

the following requirements: Second reduction A' factor A 2 — 110 
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A conventional arrangement, as illustrated by Fig. 1(d), 
has been selected and suitable dimensions for the pitch 
diameters and face widths are to be computed. 

The HP and LP turbines develop equal horsepower; 
however, the HP turbine turns faster than the LP turbine. 
As a result, the HP side will require a larger gear reduc- 
tion and whl control the size of the second reduction ele- 
ments; therefore, it will be computed first. The overall 
reduction ratio of the HP side is 6100 to 108. As a first 
approximation, the ratio of the second reduction can be 
taken as the square root of the overall ratio minus 1.0. 
(For a locked-train gear, 3.0 would be added to the square 
root of the overall ratio.) The second reduction ratio then 
becomes 



and the first reduction ratio is 




6100 


108 X 6.52 


= 8.66 


The loading per inch of face per inch of pitch diameter 
for the first reduction can now be computed: 


/i = 






*1 


F tl • d, " + 1 

— 125.5 lb/in.-in. 


= 140 


8.66 


8.66 + 1 


The next step is to equate two expressions for the tan- 
gential tooth load as follows. 


Similar calculations can now be made for the second 
reduction: 


y* = A* 


rpm 2 = 


d|F«* = 


R 2 + 1 
RPM, 6100 


- 110 


R\ 


8.66 


6.52 
6.52 + 1 

704 rpm 


= 95.4 lb/in.-in. 


126,050 . HP (126,050X12,500) 


J, . RPM, 


(95.4)(704) 


= 23,460 in.® 


Again selecting F e2 = 2.25 d 2 , the second reduction pinion 
diameter becomes 


„ 23,460 

<8 = ~2m~ = 10>430 in>3 
d 2 = </lM30 = 21.8 in. 
with an effective face width of 

F e2 - (2*25X21.8) = 49,0 in. 
and a second reduction gear diameter of 
D 2 = (21.8X6.53) = 142.1 in. 


The LP first reduction can be proportioned in the same 
manner, but it is desirable to design the arrangement such 
that the second reduction pinions on both the HP and LP 
sides are identical. Since the first reduction gear speed on 
the LP side must be the same as that on the HP side (704 
rpm) f the first LP reduction ratio will be: 


W tl - = J x - F el 


d x ■ RPM 1 


d. 


solving for d%F cl : 


, 126,050 * HP (126,0501(12,500) 

d\F„ - • / JLL, = 2058 in. 3 


J i ■ RPM 1 


(125.5)(6100) 


Generally, the most economical reduction gear is one 
where the pinion diameter is as small as possible with 
relation to its working face. However, as will be seen 
later, the face width-to-diameter ratio cannot be too high 
if excessive deflections are to be avoided. Ratios of 2.0 to 
2.25 represent good practice and 2.25 is selected. With this 
stipulation, the computations may proceed: 


F el = 2.25 d 1 
_ 2058 


2.25 


= 915 in. 3 


and the first reduction pinion diameter is 
<*! = ^915 = 9 - 71 “>■ 
with an effective face width of 

F $1 = (2.25){9.71) = 21.8 in. 

The first reduction gear is next computed as 
D x = R& = {8.66)<9.71) = 84,1 in. 


4100 

R l = tt“ = 5.82 


704 


Proceeding as before 


, „ Ri 5.82 

J x = K x „ = 140 _ . - 119,5 lb/in.-in, 


R ! ■+ 1 


5.82 + 1 


_ 126,050 • HP (126,050)(12,500) 

^ " A • RPM, ~ (119.5X4100) 3216 m ‘ 

Selecting F el = 2.25 d , 

3216 

d\ = = 1429 in.* 

1 2.25 

d 1 = 29 = 11.26 in. 

A rl = (2.25X11.26) = 25.3 in. 

D, - (11.26X5.82) = 65.5 in. 

It may be desirable to use the same first reduction gear 
on the LP side as used on the HP side. In this case, 

, D t 84.1 
</! = “ = — = 14.45 in. 

A, 5.82 

F tl = 21.8 in. 

D i = 84.1 in. 
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126,050 - HP (126,050X12,500) 
<Z, - RPM l ~ (14,45X4100) 


26,600 lb 


_ 26,600 
~ (21,8X14.45) 


84*7 lb /in .-in. 






! + 1 
R x 


- 84,7 


5,82 + 1 
5.82 


99,3 


This LP first reduction is larger than it would be if it 
were designed to the maximum permissible iST-factor, but 
this may be offset by the economy of using the same part 
for both first reduction gears. 

The pitch diameters as determined in the foregoing 
must now be laid out to determine if centerline positions 
and other arrangement considerations are acceptable. The 
optimum gear arrangement may require adjusting the 
choice of ratios between the first and second reductions 
and the choice of face width-to-diameter ratios. 

With the approximate diameters and face widths as 
determined in the foregoing, the designer will next check 
to determine that bending and torsional deflections are 
acceptable. Formulas for these deflections are developed 
in the following section, A lower L/D ratio may be se- 
lected if these deflections are too high, with the diameters 
and face widths adjusted accordingly. 

Tooth pitch is then selected to provide the best balance 
between bending stress, scoring factor, and noise. The 
best compromise in this regard is generally the finest 
pitch permitted by the bending stress or unit loading lim- 
its. This will result in an acceptable bending stress, mini- 
mum scoring factor, and minimum noise level. 

Tooth pitch, addendum, dedendum, pressure angle, etc., 
and tooth proportions, are made to suit the standards for 
which the manufacturer has tooling. These standards are 
in small enough increments that no significant compro- 
mise is involved. The numbers of teeth are chosen to pro- 
vide “hunting tooth” combinations between mating pin- 
ions and gears, and diameters or helix angles are adjusted 
to the precise values determined by the numbers of teeth. 
A hunting tooth combination is one in which the numbers 
of pinion and gear teeth have no common prime factor. 
This means that each tooth will mesh with every tooth of 
the mating element and thus avoid any wear or tooth 
spacing pattern that can give rise to a sub-harmonic of 
the tooth meshing frequency. 

As noted previously, the design of gears is based on 
the tooth pressure being uniformly distributed across the 
entire face width. Many factors adversely affect this tooth 
pressure distribution and must be taken into account. 
Among these factors are torsional and bending deflec- 
tions of the pinion, accuracy of manufacture, deflections 
due to centrifugal force, strains due to temperature varia- 
tions, and casing distortions due to temperature differ- 
ences and hull deflections. Two of these factors, torsional 
and bending deflections of the pinion, are important in 
proportioning gear elements and, fortunately, are readily 
evaluated. 

3,2 Torsional Pinion Deflection, When subjected to a 
uniform tooth pressure, a pinion will deflect torsionally 
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sOpwinf ©f tooth contact due to tyslonof 


|f*yi "Opening of tooth contact doe To bentftng fi Torsion 
Fig. 4 Pinion deflection 


as shown in Fig, 4. The teeth will separate from the mating 
gear teeth by the distance y t However, since the pinion is 
always free to shift endwise to balance the load between 
the two helices, the separation after this axial shift will 
be y 1 on the helix next to the coupling and on the helix 
away from the coupling. The torsional deflection in the 
space between the helices has no effect on the separation. 
The separations will then be 


Ifx 

V2 


2.66c - y (§) 


F e . 10* 8 

(17) 

F e • 10-* 

(18) 


where 

y x — tooth separation at driving end, in, 

y. z = tooth separation opposite from driving end, in, 

d 4 

c — ■ - where d 0 — diameter of pinion bore; c — 1.0 

dr ~ 

for a solid pinion 
J — tooth loading, Ib/in.-in. 

F e — effective face width of pinion, in. 
d = pitch diameter of pinion, in. 

These equations are based on a uniform distribution 
of tooth pressure, endwise freedom to equalize the load 
between both helices, an effective diameter for torsion 
equal to the pitch diameter, and a shear modulus for steel 
equal to 12.0 x 10 e psi. 
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3.3 Bending Pinion Deflection. In addition to torsional 
pinion deflections, the tooth loading will cause the pinion 
to deflect due to bending stress as shown in Fig. 4. The 
pinion can be assumed to be uniformly loaded, and by 
using the deflection equation for a simply supported, uni- 
formly loaded beam, the tooth separation due to bending 
is found to be 

/= 0.885c • F ■ 10- B 

where / is the tooth separation due to deflection and F 
the distance between ends of bearings, both in inches. The 
remaining terms are as defined previously. 

This expression is based on a uniform distribution of 
tooth pressure, the tooth pressure acting over the distance 
between the ends of the bearings, the effective diameter 
for bending equal to the pinion pitch diameter including 
the space between helices, the pinion simply supported at 
the inner ends of the bearings, and the modulus of elastic- 
ity for steel equal to 30.0 x IQ 6 psi. 

A generally accepted value for the allowable deflection 
due to torsion and bending is 0.001 in. However, other 
effects can add to these calculated values. The total effect 
can be observed by tooth contact patterns under full-load 
operation, estimated from experience on similar gears, or 
estimated by analysis. The sum may exceed 0.001, but the 
gearing can be made perfectly satisfactory by machining 
corrections into the helix angles so that the tooth contact 
will be uniform under full-load operating conditions. 
When this is done, the cold light-torque contact pattern 
will not be uniform. But since the direction and amount 
of the helix angle corrections are known, the light-torque 
contact pattern will be a good indication of the contact 
pattern under operating conditions. 

Such a light-torque contact check will be made at the 
factory to confirm the correct machining and assembly 
of the unit, and the check will be repeated in the ship 
installation to confirm that the factory alignment has been 
duplicated. These contact checks can be made by observ- 
ing the transfer of a marking compound such as Prussian 
Blue, or light layout lacquer, from one element to the 
other, Uniform transfer of compound over the full face 
width will indicate uniform face contact under light loads. 
While satisfactory contact checks can be made with very 
light torques, they can be made with greater reliability 
with higher torques. When light loads are not sufficient 
to bring about uniform contact, a quantitative measure of 
face contact can be made by gaging the opening between 
meshing teeth with feeler gages graduated in 0.0001-in. 
steps. 

Despite the care which may be taken in factory and 
installation tests, the final quality of tooth contact must 
be judged after full-power operation in the ship. For this 
observation, the teeth of each pinion or gear may be 
coated in a band extending across each face with copper 
by the application of a weak acid copper sulfate solution, 
or with a thin coat of layout lacquer. 

3.4 Other Deflections. There are other deflections 
that can act to affect the uniformity of tooth contact 


across the tooth faces. The gear housing structure will 
deflect under the forces applied to the bearings and may 
deflect to misalign the teeth; an example would be the 
case in which the support of one pinion bearing is more 
flexible than the support of the bearing at the opposite 
end of the pinion. 

Gear casings are also subject to thermal strains and 
these can affect tooth alignment. For instance, the casing 
support structure for the bearings in the middle of a dou- 
ble-reduction gear housing may be at a higher tempera- 
ture than the structure that supports the end bearings. 

The rotating elements are also subject to elastic and 
thermal deformations. Gear rims that are attached to their 
hubs by a series of thin plates or cone members are de- 
formed by the action of centrifugal forces. The design 
must be such that these deflections do not have a signifi- 
cant effect on the tooth portion. 

Thermal strains can also be important, particularly with 
wide face widths. If a pinion is allowed to reach a tempera- 
ture higher than its mating gear wheel, the uniformity 
of tooth contact across the faces of both helices will be 
affected. 

3.5 Gear Alignment and Installation. An important 
source of misalignment in the second reduction mesh can 
be due to the difference in the magnitude of the forward 
and after slow-speed gear bearing reactions. Figure 5 is 
a typical bearing reaction diagram for a double-reduction 
gear. It may be seen that the gear bearing reactions con- 
sist of one or more components due to the torque loadings 
and a component due to the static weight of the pinion or 
gear supported. With the exception of the slow-speed gear 
bearing reactions, none are affected by external influ- 
ences. However, such is far from the case with the slow- 
speed gear bearings. When the static loads imposed on 
the forward and after slow-speed gear bearings are differ- 
ent in magnitude, as opposed to being equal as shown in 
Fig. 5, the resultant reactions will not be in the same 
direction. This will cause the forward and after gear bear- 
ing journals to ride in different positions within their bear- 
ing clearances. The slow-speed pinions are not subjected 
to a similar influence; therefore, there results a crossed- 
axis condition between the slow-speed pinions and gear. 

The foundations of slow-speed gear bearings and line 
shaft bearings are completely dissimilar. Slow-speed gear 
bearings are located very close to the lube oil sump tank 
and, therefore, their foundations become very warm when 
at operating temperature, causing an attendant thermal 
rise in the position of the slow-speed bearings. On the 
other hand, little heat is generated in line shaft bearings, 
and they operate at a temperature little above the ambi- 
ent. This being the case, it is unavoidable that the line 
shafting have an influence on the slow-speed gear bearing 
reactions when the plant goes from a cold to the operating 
condition. When going from a cold to the operating condi- 
tion, the slow-speed gear bearings will rise about 15 to 30 
mils higher than the line shaft bearings. 

Prior to the late 1950’s, misalignments due to this 
source were generally disregarded and the slow-speed 
gear shaft was aligned concentric to the line shafting. It 
is easily shown that the forward slow-speed gear bearing 
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on many of the older ships carried no static load when in 
the operating condition. It is speculated that the disregard 
of this factor led to a number of their problems. 

The successful operation and reliability of main reduc- 
tion gears are not only the responsibility of the gear de- 
signer, but also the naval architect and shipbuilder. Fac- 
tors influencing the gear-mesh loading and distribution 
of load are affected by the design and manufacturing 
accuracy, foundation deflections, lineshaft alignment and 
flexibility, and installation accuracy. These factors, along 
with system design responsibilities, alignment tech- 
niques, installation procedures, and operational verifica- 
tion of uniform gear tooth loading, are reviewed in 
SNAME T&R Bulletin 3-43, which was prepared by the 
MT6 Panel [8]* 

The achievement of an acceptable gear-mesh load distri- 
bution, particularly in the slow-speed gear mesh, is a key 
factor towards reliable service, and compensation for the 
elastic and thermal deflections of the pinions and gears is 
the essential first step. 

Reduction gear problems have also been encountered 
due to hull flexibility, excessive lineshaft stiffness, and 
improper alignment; therefore, as the design matures, 
continuous communications between the manufacturer, 
the architect, and the shipbuilder are important to ensure 
a satisfactory installation. Conducting alignment studies 


and establishing proper installation and alignment proce- 
dures are of vital importance in this regard. 

Finally, the verification of gear tooth contact and the 
uniformity of load across the face widths are essential to 
the achievement of high reliability and low risk of tooth 
wear. Brake tooth contact checking is used as an indicator 
of proper alignment. The verification of tooth contact and 
uniformity of load can be performed by using strain 
gages, coatings such as silver or copper, or either red or 
blue dykem. The “reading* ! of dykem and coatings re- 
quires experience and can be interpreted incorrectly by 
untrained personnel. Experienced personnel can judge 
proper tooth contacts; however, changes due to environ- 
mental conditions are difficult to detect. Strain gaging 
has been successfully applied to large reduction gears 
and is a reliable procedure for accurately determining the 
uniformity of load. Using frequency modulated telemetry, 
gear tooth strain can be monitored and quantified under 
all operating conditions, thus recording the influences of 
the external and internal factors that affect gear reli- 
ability. 

3,6 Critical Speeds* Pinion and gears, designed as 
they are for stiffness to resist tooth forces, have lateral 
critical speeds that are well above any operating speed. 
They will run free of vibration with normal procedures 
for balancing. With both gas turbine or steam turbine 
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prime movers, balance is a particularly important consid- 
eration with the first-reduction pinion. It rotates at tur- 
bine speed, and must be given the same high degree of 
dynamic balance as the turbine. 

Coupling shafts connecting the turbine to the pinion 
are important elements in determining the lateral critical 
speeds of the turbine rotor-coupling-pinion assembly and 
must be considered when evaluating turbine critical 
speeds. 

The combination of the propeller, shafting, gears, and 
prime mover forms a system, which can vibrate torsion- 
ally in response to the impulses from the propeller blades. 
With the very early gear designs, manufacturing irregu- 
larities in the gear teeth occasionally were a source of 
serious torsional vibration; however, the precision with 
which modem gears are manufactured has eliminated this 
as a source of torsional vibration. With gas or steam tur- 
bine-driven gears, the first three modes of torsional vibra- 
tion warrant careful analysis. In the first mode of tor- 
sional vibration with a geared-turbine drive, the angular 
vibratory motion is greatest at the propeller, but the vibra- 
tory torque is a maximum at the reduction gear. This 
mode generally occurs within the operating range, being 
well down in the operating range with arrangements hav- 
ing long shafts but relatively high in the operating range 
and potentially dangerous with very short shafting ar- 
rangements. 

The first mode of torsional vibration must be evaluated 
to ensure that the vibratory torque in the gear train, when 
added to the torque transmitted under steady power con- 
ditions, will not be deleterious to the reduction gearing. 

The inertia and elastic factors of the turbines and gears 
have no significant effect on the first critical speed; it is 
controlled by the inertia of the propeller and entrained 
water, the stiffness of the shafting, and the number of 
propeller blades. 

The second mode of torsional vibration is one in which 
the two turbine branches vibrate in opposition and it may 
occur in the operating range. When this is the case, vibra- 
tory torques must be evaluated as for the first critical. 
However, by employing a so-called “nodal drive” arrange- 
ment, it is possible to render the second mode incapable of 
excitation. In a nodal drive arrangement, the two turbine 
branches are tuned by adjusting the dimensions of the 
quill shafts, such that they have identical frequencies with 
the slow-speed gear, shafting, and propeller considered 
nodal points. As a result, all motion in the second mode is 
in the turbine branches, and propeller excitation cannot 
excite this mode since the propeller is on a node. 

The third mode of torsional vibration, in which the slow- 
speed gear is an antinode, may be of concern. It is usually 
well above the operating range, but when an unusually 
large number of propeller blades are used, it may be of 
importance. 

A description of the modes of torsional vibration and 
a procedure for calculating the natural frequencies and 
amplitudes are included in Chapter 10, 

Main propulsion systems using diesel engines as prime 
movers require extensive torsional evaluations to ensure 


satisfactory operation. Diesel engines have many excita- 
tion orders. Four-strokeengines produce excitation orders 
of 1/2, 1, 1 V 2f 2, 2V& etc. Two-stroke engines produce exci- 
tation orders of 1, 2, 3, etc. It is not uncommon to analyze 
the propulsion system for as many as twelve orders. 

Nearly all diesel propulsion systems require a torsional 1 
flexible coupling with proper stiffness and damping char- 
acteristics to minimize torsional vibrations in reduction 
gears and power takeoff drives for generators. The selec- 
tion of these couplings is very important for normal opera- 
tion as well as for misfiring conditions. 

The analysis of torsional vibration in diesel systems, 
the selection of couplings, and an analysis of misfiring 
are comprehensively discussed in references 9, 10, and 11. 

The various considerations relating to vibration moni- 
toring, diagnostic techniques, and predictive maintenance, 
of gears and other ships machinery are reviewed in refer- 
ence 12. 

3.7 Gear Ca&e. The function of the gear case is to 
furnish adequate support for the bearings as well as to 
provide an oil-tight enclosure for the reduction gear. Typi- 
cal gear cases may be seen in Figs. 6 and 7. All journal 
bearing load reactions are in planes perpendicular to the 
axis of the revolving shafts. In many instances, and partic- 
ularly in connection with double-reduction gears, the bear- 
ing supports will have to support bearings at different 
elevations. It is of the utmost importance that these bear- 
ing supports including the cap have sufficient structural 
stiffness to prevent any measurable deflection under 
varying load conditions. Due to the direction of rotation 
of the different shafts and the location of pinions in refer- 
ence to gear bearing loadings, the bearing reactions as 
illustrated by Fig, 5 may occur at any angle to the axis, 
and it is important that the bearing cap construction takes 
this into account. It must be borne in mind that for satis- 
factory operation of the gears and to minimize wear, the 
revolving shafts must operate continuously parallel to 
each other. The gear case construction is the only means 
provided to maintain the different shafts in their correct 
relation to each other. 

The construction and stiffness of the gear case must be 
studied and compared with the structure and rigidity of 
the foundation below the gear case and the arrangement 
whereby the gear case is secured by bolting to the ship 
structure. The gear casing generally is rigidly bolted to 
the foundation to form a combined structure to prevent 
deflections between the gear and pinion axes, which may 
be caused by deflection in the ship structure when op- 
erating in a heavy sea. 

Since the strains in the hull due to the loading of the 
ship and to the forces imposed by the seaway are imposed 
on the gear casing, designers are attracted to means for 
isolating strains in the ship's hull from the mam gear 
casing. Two, three, or four points of support between the 
gear case and its foundation can effectively accomplish 
this isolation. 

Except for small auxiliary gears, the casing has sepa- 
rate inspection covers for convenience in inspecting the 
condition of the gear teeth, and is arranged so that bear- 
ings, flexible couplings, and oil sprays may be inspected 
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Ftg, 6\a) Articulated double- reduction gear 


and replaced without having to dismantle large sections 
of the casing. 

The casing enclosure acts to attenuate the noise that is 
generated by the meshing teeth. Even though the most 
effective means of reducing gear noise is the precision 
with which the teeth are machined, the gear case offers 
a means of further quieting by designing to minimize the 
transmission of sound. 

Some of the smaller gear cases are made of steel cast- 
ings. However, in the propulsion gear sizes, the casings 
are of fabricated steel construction. Some castings may 
be employed in the fabrication for the heavier sections, 
but the trend is away from castings in favor of sections 
burned out of heavy plate or formed from plate material. 


3.8 Pinions and Goar Wheats. Pinions are most often 
made of a one-piece forging and may be hollow-bored to 
accommodate a quill shaft. The requirements for strength 
and rigidity generally preclude making the tooth and jour- 
nal portion of the pinion in more than one piece. The mate- 
rial is usually an alloy steel that is through hardened, or 
case hardened, to the desired hardness. 

The tooth portion of the gear wheel is usually an alloy- 
steel forging that is either welded to a center portion, 
which is made up of steel plate in the larger diameters, or 
integral with the center portion in the smaller diameters. 
For many of the early turbine-driven gears, the most 
common materials were pinions in the 200-240 Brinell 
hardness number range running with gears in the 160- 
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Fig. 6(b) Articulated double- reduction gear elevation view 


190 Bhn range. With these hardnesses, A-f actors of about 
90 for the first reduction and 75 for the second reduction 
were generally appropriate. However, materials with 
higher hardness and higher A^factors have subsequently 
had wide application in naval combatant ships and for 
commercial service. A-f actors of 140/110 (for the first and 
second reductions, respectively) have been applied using 
through-hardened pinions with a Bhn above 300 and 
through-hardened gear rims with a Bhn above 220. The 
higher A-f actor gearing has the advantage of increasing 
the power capability of a given size of gear unit approxi- 
mately in direct proportion to the A-f actor. The higher A- 
factor gear is, therefore, more compact and lighter in 
weight. 


As an interesting side note, the Vespasian had a K- 
factor of 78, and the Neptune had one of 125, which at- 
tests to the genius of the early inventors. 

Case-hardened and ground materials are used with A- 
factors ranging from 350 to 600 in both commercial and 
military applications. As compared to early bobbing, shav- 
ing, and lapping techniques, the advancements that have 
been made in gear grinding machinery technology have 
made it possible to produce profile and helix modifications 
as required to ensure superior gear tooth load distribution 
and low noise levels. 

The success of any marine gear is highly influenced by 
the selection of the correct materials and proper heat 
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Fig. 7(0) Fore-and-aft sectional view of a locked-train reduction gear 


treatment in conjunction with a Quality Assurance pro- 
gram, which assures that the material properties are 
achieved and that there are no deleterious material flaws. 
The unique requirements for through-hardened and case- 
hardened materials are delineated in reference 13. This 
reference standard details requirements for melting, 
grain size, heat treatment, mechanical properties, chemis- 
try, workmanship, and quality control. 

3.9 Journal and Thr«*t Bearings. Journal bearings 
must carry the weight of the gear elements and also trans- 
mit the large tooth meshing forces to the casing structure. 
Hydrodynamic bearings have been used almost exclu- 
sively in this application, and the conventional babbitt- 
lined, steel-shell sleeve bearing has proved to be ex- 
tremely long-lived, with a high tolerance for abnormalit- 
ies, such as dirt and rust, in the operating environment. 

As may be noted from Fig. 5, the tooth meshing forces 
for ahead and astern rotation are in nearly opposite direc- 
tions and generally in different directions than the weight 
reaction. It is necessary, therefore, to select an angular 
position for mounting the hearing in the housing so that 
the bearing areas are in the best possible relationship to 
the applied bearing forces. 

First-reduction pinion bearings operate at high speeds. 
When starting and at low speeds, the bearing forces are 
low, consisting almost entirely of the weight components. 
At higher speeds, however, the bearing reactions continu- 
ously increase. These conditions are favorable for hydro- 
dynamic bearings and permit the safe use of high.unit 
loadings in these bearings. Unit pressures of 225-250 psi 
of projected area are generally acceptable for high-speed 
journal bearings in commercial service, and considerably 
higher pressures are used successfully in naval service. 

The clearance ratio for these high-speed bearings 
should be 0.002 to 0.003 in. per inch of journal diameter. 
This clearance ratio is important in defining the difference 
in radii of curvature of the journal and hearing surfaces, 




Fig. 7(6) Elftvotiorv sectional view of a locked-train reduction gear 


and thus the degree of convergence and divergence of the 
load-carrying oil film. The clearance opening, as such, in 
the unloaded half of the bearing affects only the quantity 
of oil passing through the bearing. 

Second-reduction gear bearings operate at lower speeds 
and have relatively high static loadings due to the weight 
of the bull gear. These conditions are less favorable and 
require lower unit pressures of 150-250 psi. The clearance 
ratio should be about 0,001 in. per inch of journal di- 
ameter. 

Intermediate-speed bearings fall between the high- and 
low-speed bearings, with loadings of 175-200 psi and 
clearances of 0.001 to 0.0015 in. per inch of journal di- 
ameter. 
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In case-hardened designs tooth loads and bearing loads 
are higher. Loadings for high- and intermediate-speed 
bearings are typically in the range of 350-500 psi. 

In addition to carrying a load, the journal bearings must 
accurately position the gear and pinion journals to keep 
their axes precisely parallel The replacement of bearings, 
therefore, must be made so as not to alter the journal 
position. To facilitate bearing replacement, a common 
practice is to stencil on the bearing shell its shell thickness 
at several points. Then, a replacement bearing with the 
same shell thickness will maintain the original journal 
position. 

The main propeller thrust bearing is generally either 
integral with the gear unit or immediately adjacent to it. 
Its main purpose, of course, is to transmit the propeller 
thrust to the hull, but a secondary purpose is to hold the 
second reduction gear wheel in its proper axial position. 

With double-helical gearing the main thrust bearing 
also holds the second-reduction pinions in their axial posi- 
tion, and further, by an axially restricted coupling the 
first-reduction gears can also be positioned. It is also com- 
mon to couple the first-reduction gear to its second reduc- 
tion pinion with a coupling, which permits endwise motion. 
Then, positioning thrust bearings must be provided for 
the first-reduction elements. This can be either a pivoted 
shoe or plain collar thrust bearing applied to either the 
first-reduction pinion or its gearwheel. This bearing must 
have sufficient capacity to overcome the frictional forces 
in the couplings, which act on the first-reduction elements. 

Where adequate foundation structure can be provided, 
it is convenient to locate the main thrust bearing forward 
of the second-reduction gear, with the thrust housing an 
integral part of the gear casing. This location has two 
advantages: (a) the diameter of the thrust bearing can be 
smaller because the shaft portion does not have to trans- 
mit torque, and (&) the thrust collar can be a separate 
piece that can be readily removed over the end of the gear 
shaft in the event that it is necessary to replace or refinish 
the collar surface. 

For higher powers, and where greater stiffness is re- 
quired for the thrust bearing foundation, the thrust bear- 
ing is located aft. of the second-reduction gear. An installa- 
tion in which the main thrust bearing is located 
immediately aft of the slow-speed gear is shown in Fig, 6, 
The thrust housing structure is independent of the gear 
case and joins it by a flexible oil-tight connection. The 
bolted attachment to the foundation, which transmits the 
propeller thrust to the hull, is independent of the bolting 
attachment of the gear base to its foundation, so that the 
thrust bearing and its foundation can deflect as a result 
of the propeller thrust with no distorting effect on the 
gear casing. 

In either location, the thrust bearing shares the lubri- 
cating system with the gear, and its oil drain discharges 
into the gear base. Only a single shaft oil seal is required 
on the output shaft 

The thrust bearing is of the pivoted-shoe type, with two 
sets of shoes acting on opposite sides of a thrust collar to 
accept thrust in either direction with a design pressure in 
the range of 375 to 500 psi. 


All reduction gear journal and thrust bearings are 
force-fed from a central lubricating oil system. Each jour- 
nal and thrust bearing is generally provided with a sight- 
flow and thermometer fitting in a visible location so as to 
provide an indication of performance. As a sample of oil 
leaving the bearing passes through the sight flow (or 
bubbler) it provides a visible jet of oil that can be seen at 
some distance, giving assurance that the bearing is being 
properly lubricated. This oil also passes over a thermome- 
ter well installed integral with the sight-flow fitting for 
sensing and indicating either locally or remotely the tem- 
perature of the oil leaving the bearing. 

For highly loaded bearings the temperature is best mon- 
itored by using embedment-type resistance temperature 
elements (RTE). These RTE elements are positioned in 
the babbitt at the minimum film thickness location. 

3.10 Couplings. The coupling of each gear and pinion 
to its connecting shaft can be of a number of types de- 
pending upon the degrees of freedom of movement that 
the service requires. The second-reduction gear to line 
shaft coupling is usually a “solid coupling” with the 
flanges integral with the shaft sections. This coupling 
provides no freedom of movement within itself either axi- 
ally, angularly, or torsionally. As discussed previously, 
the line shaft bearings and the second-reduction gear 
bearings cannot be held in absolute alignment due to ther- 
mal and other distortions in the hull and foundations; 
however, these movements are predictable and the bear- 
ing arrangement can be designed such that, when prop- 
erly aligned, the shafting can bend elastically without 
imposing objectionable stresses in the shaft or altering 
the bearing reactions in an unacceptable manner. 

Thermal distortions in the gear and prime mover cas- 
ings and their supporting structure create a relative move- 
ment of the rotors and high-speed pinion axes that intro- 
duces an angular offset at one or both coupling elements. 
In addition, the prime mover rotor is positioned axially by 
its thrust bearing; consequently, the thermal growth of 
the rotors creates a considerable end motion, which must 
be accommodated by endwise sliding and clearances in 
the coupling. 

For steam turbine-driven gears the coupling to the first 
reduction pinion is usually a gear-tooth (dental) type flexi- 
ble coupling, with two gear tooth elements separated by 
a length of shafting or a sleeve. Figure 8 is a typical 
coupling of this type. The engaging tooth elements at each 
end use internal and external spur gears of involute form, 
for convenience of manufacture, which mesh with back- 
lash in the circumferential direction, but with closely con- 
trolled radial clearance between the tips of the external 
teeth and the roots of the internal teeth. Under torque the 
axes of the two elements are held in line by the contact 
on the involute tooth faces. With no torque transmitted, 
the axes are held in line within the limit of the radial 
clearance. 

When running under angular misalignment, each mesh- 
ing pair of teeth will slide back and forth a small amount. 
The angular misalignment, which this type of coupling 
can accept without significant wear, is limited and is de- 
pendent upon the coupling size, speed of rotation, torque, 
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Fig, 8 Gear- tooth type of flexible coupling 


and the hardness and finish of the tooth surfaces. It is 
obviously desirable to avoid excessively short coupling 
lengths, which impose high angular movements on the 
tooth elements. For longer coupling lengths it may be 
preferable to use a “single-ended” flexible coupling with 
a tooth-element coupling at one end and a solid coupling 
at the other end. In this case the long shaft can deflect 
elastically as a cantilever beam to accommodate the lat- 
eral offset. 

Couplings between the first reduction gears and the 
second-reduction pinions have smaller misalignments to 
accommodate, but otherwise resemble the turbine-to-pin- 
ion coupling. In the single-case gears, Figs. 6 and 7, the 
misalignment is limited to the clearance in the journal 
bearings since the bearings themselves are held rigidly 
in line. Like the furbine-to-pinion coupling, they can be 
“single-ended” [as shown m Fig. 7(b ) ] or double-ended [as 
shown in Fig, 6 (6)]* When the first-reduction elements 
have their own thrust bearing, at least one flexible ele- 
ment is needed for endwise freedom. When the first-re- 
duction elements are positioned by the second-reduction 
and the main propeller thrust bearing, the flexible cou- 
pling elements are made with a close end clearance. 

Lubrication of the coupling teeth is important even 
though the reciprocating sliding velocity is entirely too 
low to support an oil film between the surfaces in contact. 
Oil is held in the tooth portion by centrifugal force and an 
oil retaining ring keeps the sliding surfaces submerged in 
oil. Oil is fed to the annulus at one end of the teeth and 
leaves from the other end, forcing a flow endwise through 
the teeth for lubrication, cooling, and purging of the 
sludge, which tends to centrifuge and collect. 

The diaphragm type of flexible coupling has been devel- 
oped as an alternative to the gear-tooth type and offers 
significant advantages. Diaphragm couplings, such as il- 
lustrated by Figs. 9(a) and 9(6), can accommodate angular 
and axial misalignments. The stiffnesses of this type of 
coupling are relatively low, which reduces the moment 
transmitted to the connected components. Additional ad- 
vantages include the elimination of coupling lube-oil flow 




Fig. 9(6) Contended diaphragm type of flexible coupling 


requirements and better control of concentricity and un- 
balance forces. 

For diesel engine drives it is usually necessary to have 
a coupling with torsional flexibility to minimize the trans- 
mission of torque variations to the gearing. Several types 
of couplings, using rubber or other elastometers in com- 
pression or shear, are effective in adding both torsional 
resilience and damping to attenuate the torsional oscilla- 
tions, which are inherent in a reciprocating engine. 

Hydraulic couplings, now familiar in automotive trans- 
missions, had one of their earliest applications in marine 
drives. They are effective in smoothing the torque input 
to the gear. However, their slip represents a direct power 
loss. Electric couplings have characteristics similar to the 
hydraulic coupling but are dependent on a source of elec- 
tric power for their operation. Both hydraulic and electric 
couplings have the capability of providing a convenient 
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means of disconnecting, synchronizing, and reconnecting 
engines in a multi-engine arrangement. 

3. 11 Clutches. Propeller drives that use either prime 
movers in combination or a prime mover that is unirota- 
tional may require a dutch to disconnect and reconnect 
or synchronize and reconnect the main engines to the 
propeller. An assortment of devices using mechanical, 
frictional, hydraulic, or electrical schemes is available for 
these purposes. Each device has its peculiar characteris- 
tics, so that the selection of the best coupling arrangement 
depends on the requirements in a specific case. 

The hydraulic coupling transfers torque by the passage 
of oil between two halves of a torus. The torque transmit- 
ted can be controlled, therefore, by controlling the volume 
of oil in the coupling. It can be arranged to quickly dis- 
charge the oil in the coupling to disconnect the load, and 
to reconnect the load by readmitting oil. A hydraulic cou- 
pling will absorb energy to bring the shafts into near 
synchronization; however, there are limits to the hydraulic 
torque available for synchronization, and limits on the 
amount of energy that can be absorbed during the period 
of high slip. 

An electric coupling has characteristics very similar to 
a hydraulic coupling. It too can act as a disconnect and as 
a synchronizing clutch, by controlling the current to the 
rotating field. Like the hydraulic coupling, there are limi- 
tations on the synchronizing torque, and the energy ab- 
sorption during synchronizing. 

Friction clutches use friction elements, which slide un- 
der controlled pressure to bring the shafts into synchroni- 
zation, and then, once synchronized, transmit torque with- 
out slip by the same friction surfaces. Figure 10 shows 
the application of clutches of this type in a reversing gear 
train. In this case the friction material is attached to the 
Inside of an inflatable tube and is made to bear on the 
cylindrical drum, which it surrounds, by admitting fluid, 
usually air, under pressure to the tube. The inflatable 
tube, called the clutch gland, is made of fabric and rubber 
similar to an automobile tire and is bonded to a steel outer 
ring. Both ahead and astern clutch glands are driven by 
the engine. One engages with the drum driving the ahead 
gear train or the other engages with the drum driving the 
astern gear train. Reversing is accomplished by alter- 
nately admitting fluid and inflating the ahead and astern 
clutches. When the idle clutch is deflated, the friction 
surfaces are removed from contact. The operating air is 
admitted to the rotating shaft through a shaft seal. This 
is conveniently done at a shaft end as illustrated but can 
also be done on any available shaft portion. 

With synchromesh couplings the normal torque trans- 
mission is through sets of engaging internal and external 
tooth elements similar to those of a “dental” flexible cou- 
pling. In addition, the coupling includes a mechanism for 
shifting the tooth elements axially to engage and disen- 
gage the teeth, a friction element to bring the shafts into 
synchronism prior to engagement, a balking mechanism 
to prevent tooth contact while a differential speed exists 
and, in the case of high-speed applications, a “transition 
torque control” to maintain shaft synchronism during the 
shift from friction to gear tooth drive. Referring to Fig, 


11, the clutch is engaged by admitting air or oil to the 
operating cylinder. This applies pressure to the friction 
disks, and the torque so developed acts to synchronize 
shaft speeds. When synchronism is reached the accelerat- 
ing torque is reduced to zero. The balking mechanism 
then automatically releases the coupling sleeve, and as it ■ 
approaches engagement with its mating hub, the spring- 
loaded pins act as loose keys to maintain synchronous 
speed and align the hub and sleeve teeth for final engage- 
ment After engagement the torque is transmitted 
through the dental coupling elements; the friction disks 
and balking mechanism perform no further function. The 
clutch is disengaged by simply shifting the sleeve endwise 
so that the hub and sleeve teeth at one end move out of 
mesh. Once engaged or disengaged, the clutch is main- 
tained in the desired position by mechanical means and 
hydraulic pressure is no longer required. 

The torque-transmitting capability of the synchromesh 
clutch is determined by the tooth elements. The torque 
capacity of the friction disks need only be sufficient to 
bring the shafts into synchronization. 

A synchro-self-shifting clutch, like the synchromesh 
coupling, is a positive coupling in the engaged position. It 
is self-engaging when passing through synchronism; that 
is, immediately upon synchronizing the speeds of the input 
and output shafts, the input shaft engages the ouput. The 
clutch disengages automatically as soon as the torque 
reverses, that is, when the output shaft tends to drive the 
input shaft. In this coupling, engagement and disen- 
gagement are brought about by the relative rotation of 
the driving and driven ends. The primary action of the 
clutch, in fact, resembles that of a ratchet, which will lock 
up to transmit torque in one direction, but will turn freely 
under a torque in the other direction. 

The basic clutch, Fig. 12, has a torque-transmitting 
sleeve, which can shift axially. One end of this sleeve is 
in constant engagement with the output shaft through a 
helical spline. The other end of the sleeve has dental cou- 
pling type teeth, which engage and disengage with mating 
teeth in the clutch ring, which is secured to the input 
shaft. The position of the sleeve is controlled by a ratchet- 
and-pawl arrangement, which senses the relative speeds 
of the input and output shafts. When the speed of the 
driving half overtakes the speed of the output half, the 
pawls engage so that further rotation of the driving half 
forces the sleeve to move axially on the helical spline to 
bring the coupling teeth into engagement. The coupling 
can also be made with two sets of spur dental type cou- 
pling teeth so that in the engaged position it also acts as 
a flexible coupling. 

It can be arranged with a manual shift that will prevent 
engagement of the pawls and allow its driving engine to 
be tested without driving the propeller. 

3.12 Lubrication. The main reduction gears are pro- 
vided with a source of lubricating oil by a system that is 
either separate from, or integral with, the gear. In the 
case of steam turbine drives, the same source of oil also 
serves the turbine requirements. However, the character- 
istics of the oil required by the turbine Is less than opti- 
mum for the gear. The distribution system for leading oil 
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Fig. 10 Reverse gear with friction dutches 


Fig. 11 Synchromesh coupling 


ENGAGED POSITION 



DISENGAGED POSITION 



under pressure to each bearing and to the tooth sprays, 
and for containing and leading the drains to the oil sump* 
is contained within the gear. All the gear requires is a 
continuous supply of clean oil at a pressure of about 10-15 
psi and a temperature of about 120 F. The oil distribution 
system integral with the gear is designed to provide each 
bearing and tooth spray with the proper quantity of oil 


The temperature of the oil supply to the gear can range 
from 110 to 130 F. The discharge from the high-speed 
journal bearings may be as high as 180 F but the average 
temperature rise in the total flow through the gear unit 
is of the order of 20 to 30 deg F. 

Oil in the viscosity range of 380-510 SSU at 100 F is 
generally suitable. It represents a compromise between 
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Fig. 12 Synchro-self -shifting clutch 



the lighter viscosity oil, which would be optimum for high- 
speed journal bearings, and the somewhat heavier viscos- 
ity, which would be more favorable for the tooth meshes. 
Moderately loaded gear units with relatively fine pitch 
teeth will operate satisfactorily with a good grade of 
straight mineral oil; however, more heavily loaded gears, 
and particularly gears with teeth of coarser pitch and 
higher R-f actor, require an oil having good * ‘extreme pres- 
sure” or antiscuffing qualities to prevent scuffing or gall- 
ing. The “EP” quality of the oil is evaluated by tests such 
as the “Ryder” or “Three-ball” test in which the ability 
to resist scuffing between two sliding steel surfaces is 
measured. Generally, the “EP” quality is given to the oil 
by the addition of chemical agents. 

A secondary function of the circulating lubricant is to 
carry away the heat losses of the gearing and its bearings. 
As indicated by Fig. 13, the efficiency of reduction gears 
varies with the percentage of rated power delivered. In 
addition, the efficiency of a gear depends on the type of 
gear and the particular bearing and tooth pressures. 


Another secondary function of the lubricating oil is the 
prevention of rusting of the interior surfaces of the gear. 
Lubricating oils have good antirust qualities even in the 
presence of small amounts of moisture, which cannot be 
avoided. They are completely effective during operation 
when all inside surfaces are thoroughly washed with oil. 
For prolonged shutdowns, however, the normal lubricat- 
ing oil will drain from the steel parts and become ineffec- 
tive. As a result, special precautions must be taken to 
prevent rust damage to the gear during prolonged shut- 
downs. In many cases dehumidifiers are used to control 
the moisture content within the gear case. 

The lubrication system is essential to the performance 
of the reduction gear; therefore, for remote control, it is 
necessary to monitor the pressure and temperature of the 
lubricating oil supplied to the reduction gear. Conse- 
quently, most remote -control systems have provisions to 
monitor the temperature of the oil leaving each bearing 
to give an indication of the performance of each of the 
reduction gear bearings and the main thrust bearing. 

It is general practice to provide a vent to avoid a buildup 
of pressure within the gear. A single vent opening from 
the entire gear case and sump space is sufficient. When 
more than one vent connection is made, all vents must be 
interconnected to avoid a circulation of outside air 
through the gear interior. 

3.13 Accessories. In addition to performing its pri- 
mary function of transmitting power, a number of acces- 
sory features are often provided as a part of the gear 
unit. For turbine applications, a motor-driven turning gear 
is provided with the main reduction gear. Its primary pur- 
pose is to rotate the turbine rotors slowly during warm- 
up and cool-down operations. It is essential that the tur- 
bine rotor be rotated when heating or cooling as the rotor 
will otherwise not be of a uniform temperature and will 
bow. The turning gear also serves the useful purpose of 
providing a means of turning the shaft for other purposes 
such as inspection of the gear teeth. 

While the turning gear is a low-powered device {2.5 
to 10 hp), it is mechanically capable of developing large 
torques in the propeller shaft by virtue of its high gear 
ratio. On occasions, therefore, the turning gear serves the 
additional purpose of being a locking device that prevents 
rotation of the turbine and gears. This is a desirable fea- 
ture under casualty conditions when the ship is being 
towed or, in the case of a multiple-screw ship, when driv- 
ing with other shafts. 

The turning gear is generally a double-reduction gear 
with two wo rm-and- wheel reductions to connect the driv- 
ing motor to the end of one of the pinions. The ratio of 
the turning gear is selected so that the propeller shaft 
turns at a rate of about one revolution in ten minutes. 
Figure 6 shows a turning gear, which drives the aft end 
of the first-reduction pinion on the low-pressure side. A 
disconnect clutch, usually lever operated, uncouples the 
turning gear for normal operation. 

The turning gear requires lubrication and this is pro- 
vided by the main lubricating system since the main sys- 
tem must be in operation even for the low turning speed. 
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Interlocks with the prime mover or warning plates are 
necessary to prevent inadvertent starting of the prime 
mover with the turning gear engaged; otherwise, extreme 
damage may be done to the turning gear and motor. 

The main gear also may serve as a convenient mounting 
for the shaft revolution counter and tachometer. They 
are usually mounted just forward of the slow-speed gear 
shaft and are driven directly or through gearing from the 
main shaft. 

For naval applications, it is standard practice to drive 
the main lubricating oil pump by a train of gearing taking 
its power from one of the intermediate shafts. This so- 
called * ’attached pump” furnishes oil for all purposes dur- 
ing normal operations; however, separately driven pumps 
are required for low-speed, standby, and astern operation 
because the attached pump cannot supply an adequate oil 
supply under these conditions. An attached pump has the 
advantage of protecting against the loss of oil supply due 


to an interruption of electric power or the inadvertent 
securing of a motor-driven pump. This feature, however, 
is seldom applied in merchant service. 

3.14 Weight Estimates. An approximate weight of 
the reduction gear unit for conventional articulated and 
locked-train gears for steam turbine-driven merchant 
ships can be obtained from the curves in Fig. 14. These 
curves show that the gear weight varies in nearly direct 
proportion to the horsepower and inverse proportion to 
the propeller speed. Within reasonable limits, the weight 
of the gear will also vary inversely with the A-factor. 

For more complex gear arrangements, there is no sim- 
ple procedure for determining weights and dimensions. 
These must be determined by first establishing the princi- 
pal dimensions of the rotating parts, and roughly detailing 
their weights. A good approximation of the total weight 
can then be made by doubling the weight of the rotating 
parts. 


Section 4 
Applications 


4.1 Articulated Double-Reduction Gears, Most of the 
gear arrangements that have been used for ship propul- 
sion are described in Section 1. The vast majority of the 
early turbine-driven merchant ships built in the U. S. were 
double-reduction with the rotating elements arranged as 
in Fig, 1 (d) r In most of these the arrangement of the 
rotating parts can be further categorized as “three- 
plane,” The number of planes refers to the number of 
horizontal planes which contain the pinion and gear axes 
{with small differences in elevations ignored), and to the 
number of horizontal joints in the gear housing to provide 
for assembly. 

The section drawing shown in Fig. 6 is representative 
of a typical double-reduction, articulated, three-plane re- 
duction gear in a single housing structure. It was widely 
used with cross-compound steam turbines up to horsepow- 
ers of about 30,000 with propeller speeds conventional for 
merchant ships {i.e,, 105 to 120 rpm for single-screw 


ships). Variants of this arrangement are the single-plane 
and two-plane gear casing constructions, which use simi- 
lar rotating parts, but with modified dispositions of the 
turbine and propeller shaft axes, Figure 15 illustrates the 
characteristics of the arrangements. 

Whereas the three-plane gear is generally a single 
structure supported by the ship’s foundation, the single 
and two-plane gears are more conveniently built as sepa- 
rate first- and second-reduction units, each independently 
mounted on the ship’s structure. 

The three-plane gear requires maximum headroom but, 
in return, provides good spacing between the turbines and 
ample space beneath the low-pressure turbine to install 
the condenser. At the other extreme, the single-plane gear 
requires a minimum of headroom and foundation struc- 
ture underneath the turbines. On the other hand, addi- 
tional overall length of the propulsion machinery is neces- 
sary because the condenser must be located forward of 
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the low-pressure turbine. The two-plane gear is intermedi- 
ate in its space requirements as regards headroom, 
length, and width. The space available for the condenser 
under the LP turbine usually is less than convenient. The 
choice of one, two, or three planes is, therefore, largely 
one of arrangement, 

4.2 Ucked-Tram Gears. For higher powers, the diam- 
eters, face widths, and tooth bending stresses of the gears 
in a conventional double-reduction arrangement increase 
to the point where a locked-train arrangement becomes 
the most practical. By dividing the power paths from each 
input pinion as illustrated by Fig. lfo), the diameters, face 


widths, and tooth loading factors become more favorable, 
but at the price of a greater number of parts and a more 
complex casing structure. 

^ s * an of P° wer between the two intermediate 
shafts driven by a common high-speed pinion must be 
nearly equal, and to accomplish this they must be “timed,” * 
That is, the driving pinion must contact both driven gears 
when all backlashes are taken up. There are a number of 
ways in which this may be conveniently done. Once done 
the meshing gear and coupling teeth are match-marked 
so that the timed assembly can be repeated. However, if 
a pinion, gear, or coupling is replaced, it is necessary to 
retime. 

The quill shafts connecting the first-reduction gears to 
the second-reduction pinions have considerable torsional 
flexibility and thus act to divide the torques equally de- 
spite slight inaccuracy in timing. Without this flexibility, 
timing and machining would have to be perfect to obtain 
equal power division. 

Figure 7 is a section drawing of a typical locked-train 
gear for merchant marine service. It follows the construc- 
tion that has been almost standard for naval combatant 
ships from destroyer escorts to aircraft carriers since the 
mid-1930 s. It differs slightly in proportions since the gear 
ratio is higher for merchant ships than for the faster- 
turning propellers of naval ships. 

Note from Figs. 7 and 15 that the locked-train gear is 
more restrictive in pinion locations (and gear arrange- 
ment) than the conventional double-reduction gear. 

4.3 Gears for Diesel-Engine Drives. There are many 
applications of single-reduction gears for diesel engines 
m the moderate-power range. A typical arrangement is 
shown by Figs. 16{a) and 16(h). In this case, the gear 
combmes the input of three diesel engines. The minimum 
center- to-center separation of the engines determines the 
size of the gear. The selective engagement of one or more 
engines is accomplished using pneumatic clutches, similar 
to those shown in Fig. 10. Figure 10 is a typical diesel- 
driven reversing reduction gear arrangement using fric- 
tion clutches for alternately driving the ahead and astern 
gear trains. 

4.4 Gears for Contrarotating Propellers. Contrarotat- 
ing, coaxial propellers are often given consideration be- 
cause of their improvement in propulsive efficiency. They 
require special gear arrangements, and many variations 
are possible [14]. 

Contrarotating gear arrangements fail into two distinct 
categories; one drives the tivo propellers at an equal or 
another predetermined ratio of revolutions, and the other 
drives the two propellers with an equal or another prede- 
termined ratio of torque. 

An example of the first category is shown in Fig. 17. 
Here a cross-compound steam turbine arrangement, with 
oppositely rotating turbines, drives the oppositely rotat- 
ing propeller shafts through double-reduction gears. Note 
that the two first-reduction gears are in mesh to assure 
that the two propeller shafts will make the same number 
of revolutions even though the power inputs of the two 
turbines may not be equal. 
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Fig. I6ta) Fore-and-afr sectional view of a sin- 
gle-reduction, three -input reduction 
gear for diesel engines 



As an illustration of the second category, also for a 
cross-compound steam turbine, each turbine drives the 
sun gear of a planetary first-reduction gear. Referring to 
Fig, IS, the planet carriers rotate in the direction of the 
turbines to drive one second-reduction gear. The ring gear 
rotates in the opposite direction to drive the other second- 
reduction gear. The ratios of the two second-reductions 
can be made to differ by the amount of the torque differ- 
ence in the output shafts of each planetary gear so that 
equal torques are applied to each propeller shaft. 
Contrarotation can also be achieved using differential 
epicyclic gearing, with either single or multiple prime 


movers [15,16,17], A schematic of an epicyclic gear ar- 
rangement is shown in Fig. 19. The sun, planets, and ring 
gear rotate, with the planet carrier driving the inner shaft 
and the ring gear driving the outer shaft. By analyzing 
the gear elements and tooth loads, it Is seen that the inner 
shaft inherently transmits a larger torque. The relative 
speeds of the inner and outer shafts, and hence the power 
split, would be determined by the hydrodynamic design 
of the propellers. The two propellers could be designed to 
operate at equal powers even though their speeds are 
different. 

4.5 CODOG Geari, CGmbined Diesel Or Gas turbine 
(CO DOG) propulsion gear arrangements are designed to 
obtain the advantages of gas turbines for high-speed oper- 
ations and the advantages of diesel engines for cruising 
operations. A typical CODOG gear arrangement is shown 
by Fig. 20, in which the gear is normally driven by either 
a single large gas turbine or by two smaller diesel engines. 

CODOG propulsion systems are used primarily in 
smaller ships, such as frigates and corvettes, where en- 
gine room space and system weight are a premium, and 
the mission requirements are high speed and low noise 
signatures. These goals usually require case-hardened 
and ground gear elements. As can be seen from Figs. 
20(a) and 20(6), the gas turbine and diesel engines drive 
through several clutches, which are arranged to provide 
a means of connecting and disconnecting each prime 
mover to the propeller system and to prevent simultane- 
ous engagement of both the gas turbine and the diesels. 

In the gas turbine mode, power is delivered through the 
primary gearbox to secondary gearboxes to simultane- 
ously drive both propeller shafts, and the diesels are de- 
clutched. In the diesel mode, power is delivered through 
the secondary drives only, and gas turbine is declutched. 

4.6 Epicyclic Gears. Epicyclic gears have been used 
in marine applications since the early 1960s. Epicyclics 
have been designed as the primary reduction in double- 
reduction gears and the primary and secondary reductions 
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hi triple-reduction designs that were driven by steam tur- 
bines [18,19,20]. Epicyclics have also been used in a vari- 
ety of medium-speed diesel applications in the low to me- 
dium horsepower ranges. Nearly all of the steam- and 
diesel-driven epicyclic arrangements have been installed 
in ships that were built in European shipyards. The intro- 
duction of marine epicyclic gearing into the United States 
has been slow and confined primarily to design studies 
[15]. 

Epicyclic gearing is 10 to 50% smaller and lighter than 
comparable parallel-shaft, locked-train gearing of the 
same horsepower rating. The torque is typically divided 
through three or more planets, whereas a locked-train 
gear is limited to two paths. Inherent in the epicyclic de- 


sign is a low number of shaft support bearings. This fea- 
ture is important when considering the low* noise require- 
ments for naval vessels [21]. 

It is interesting to note that epicyclic gears have been 
used in variable-ratio applications in which a generator is 
driven at a constant speed as the diesel engine speed var- 
ies. Such an arrangement is illustrated by Fig. 21, which 
is typical of those used almost exclusively with slow-speed 
diesel engines. The variable ratio is achieved by rotating 
the annulus ring. Rotation of the annulus ring is achieved 
through a hydrostatic motor and parallel-shaft gear sys- 
tem. An electronic control system monitors engine speed 
and adjusts the hydrostatic system to maintain a constant 
generator frequency. 
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CHAPTER X 


C. L. Long 


Propellers, Shafting, 
and Shafting System 
Vibration Analyses 


Section 1 
Introduction 


1 * 1 General, A main propulsion shafting system con- 
sists of the equipment necessary to convert the rotative 
power output of the main propulsion engines into thrust 
horsepower that is used to propel the ship. The propeller 
is included as an element of the shafting system, as is 
the means to transmit the propeller thrust to the ship 
structure. In the following pages, the design of a main 
propulsion shafting system is reviewed from the perspec- 
tive of a shipbuilder undertaking the task of preparing a 
detailed design. It will, however, be assumed that the 
propeller hydrodynamic design has been developed; the 
hydrodynamic design of propellers and other propulsion 
devices is thoroughly covered by Van Manen and Oossa- 
nen in Principles of Naval Architecture [1] and, there- 
fore, will not be repeated here. Although the fundamen- 
tals outlined in the following sections apply to all types of 
propulsors and prime movers, the discussion has been 
directed primarily towards an arrangement with a fixed- 
pitch propeller and geared, turbine-driven, propulsion ma- 
chinery; however, where the selection of a diesel prime 
mover has an influence upon the shafting design consider- 
ations or procedures, those instances are discussed, This 
was necessary in order to avoid unduly confusing the 
discussion with details. 

Due to the nonuniform wake field in which a ship's 
propeller operates, the propeller is a source of potentially 
dangerous vibratory excitations. The shafting system it- 
self, which is inherently flexible, is extremely vulnerable 
to these vibratory excitations; consequently, an analysis 
of the dynamic characteristics of a shafting system is an 
integral aspect of the design process and is discussed in 
this chapter, 

1*2 Shafting System Description, The main propulsion 
shafting system must accomplish a number of objectives 
that are vital to the ship's operation. These objectives are: 
(a) transmit the power output from the main engines to 
the propulsor; (b) support the propulsor; (c) transmit the 
thrust developed by the propulsor to the ship's hull; (d) 
safely withstand transient operating loads (e.g,, high- 
speed maneuvers, quick reversals); ( e ) be free of deleteri- 
ous modes of vibration; (/) provide reliable operation 


throughout the operating range; and ig) be a low mainte- 
nance system. 

Figure 1 is a shafting arrangement typical of those 
found on multishaft ships and single-shaft ships having 
transom stems. The distinguishing characteristic of this 
arrangement is that the shafting must be extended out- 
board for a considerable distance in order to provide ade- 
quate clearance between the propeller and the hull. One or 
more strut bearings are required to support the outboard 
shafting. 

A shafting arrangement typical of single-screw mer- 
chant ships is shown in Fig. 2. The arrangement illus- 
trated corresponds to the so-called Mariner or dear-water 
stern design (there being no lower rudder support); how- 
ever, the shafting arrangements of most merchant ships 
are very similar. The major difference between the shaft- 
ing arrangements of various merchant ships is the loca- 
tion of the main engines. When the main engines are lo- 
cated well aft, such as oh tankers, there may be as few 
as one or even no inboard line shaft bearings. When the 
main engines are located farther forward, which is pre- 
dominantly the case for naval ships, a considerable length 
of inboard shafting may be required to accommodate the 
ship arrangement. 

The shafting located inside the ship is termed line shaft- 
ing. The outboard sections of shafting (wet shafting) are 
designated differently depending upon their location. The 
section to which the propeller is secured is the propeller 
shaft or tail shaft. The section passing through the stern 
tube is the stern tube shaft unless the propeller is sup- 
ported by it (as is the case with many merchant ships), in 
which case it is designated as the propeller shaft or tail 
shaft. If there is a section of shafting between the propel- 
ler and stern tube shafts, it would be referred to as an 
intermediate outboard shaft. 

Shafting sections are connected by means of bolted 
flange couplings. The coupling flanges are normally 
forged integrally with the shafting section; however, 
when required by the arrangement (e*g., stern tube shafts 
which require flanges on both ends and also require corro- 
sion-resistant sleeves to be fitted to the shaft in way of 
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bearings), a removable coupling,, sometimes referred to 
as a muff coupling, is used. 

Bearings are used to support the shafting in essentially 
a straight line between the main propulsion engine and 
the desired location of the propeller. Bearings inside the 
ship are known by several names, with line shaft bearings, 
steady bearings, and spring bearings being the most popu- 
lar in that order. Bearings which support outboard sec- 
tions of shafting are called stern tube bearings if they are 
located in the stem tube and stmt bearings when located 
in struts. Outboard bearings may be lubricated by either 
seawater or oil; seals havin g a very hig h reliability are 
require dlntheevent the lat t^ri^sed^Alternativelv. the 
necessityToramuff coupling can be avoided by welding 
in place, onto the shaft, halves of a split sleeve that are 
made of a corrosion-resistant' material; but in this case, 
the stern tube bore, with the bearing bushings removed, 
must be large enough to pass an integral flange. 

In order to control flooding, in the event of a casualty, 
watertight bulkheads are installed within the ship. Stuff- 
ing boxes are installed where the shafting passes through 
these bulkheads. A seal, which is more substantial than a 
bulkhead stuffing box, is installed where the shafting 
penetrates the watertight boundary of the hull. 

The propeller thrust is transmitted to the hull by means 
of a main thrust bearing. When the main engine drives 
the propeller through reduction gears, the main thrust 
bearing may be located either forward or aft of the slow- 
speed gear. If located forward, the thrust collar is detach- 
able from the gear shaft so as to permit the installation 
of the slow-speed gear on the shaft and, secondarily, to 
permit replacement of the thrust collar if ever required. 
If located aft, the collar is forged integrally with either the 
slow-speed gear shaft or a subsequent section of shafting. 
Since one purpose of the main thrust bearing is to limit 
movement of the slow-speed gear, the main thrust bearing 
is usually installed close to the gear. The installation of 
the thrust bearing close to the gear also facilitates ar- 
rangements to lubricate the thrust, bearing, as an oil line 
can readily be run from the gear to the thrust bearing 
with the oil returned by a gravity drain. 

Direct-drive diesel ships have the thrust bearing aft of 
the engine, either attached directly to the engine crank- 
shaft or located farther aft independent of the engine. 

1.3 Design Sequence. The design of a shafting sys- 
tem is, by necessity, an iterative process because the vari- 
ous system design parameters are, to some extent, mutu- 
ally dependent. The iterative design process usually 
followed is illustrated in Fig. 3. 

As indicated by Fig. 3, the first step in the design of a 
shafting system is to state the performance requirements, 
that is, the type of propulsive system, number of shafts, 
type of service, and the like. Next, the design criteria to 
be employed must be fixed. That is, one of the various 
classification society rules could be followed; the type of 
stern tube bearings may be selected (he,, oil lubricated or 
water lubricated); hollow shafting may be ruled out, and 
so on. In establishing the design criteria, it must be recog- 
nized that the shafting interfaces with the propulsor, the 
main engines, and the ship system as a whole. 



Fig. 3 Shafting system design sequence 


After the design criteria are established and the general 
ship arrangement is available, an approximate shafting 
arrangement can be developed. This entails at least tenta- 
tively locating the main engine, propeller, and shaft bear- 
ings with due regard given to arrangement restrictions, 
clearances required, shaft rake, construction restraints, 
and overhaul and maintenance requirements. 

Before the design can progress further, the shafting 
diameters, corresponding to the preliminary arrange- 
ment, must be computed along with the length of shafting 
sections, flange dimensions, and preliminary propeller 
data. Preliminary shafting system alignment calculations 
can be initiated, and the changes in bearing loads due to 
the thermal expansion of the shaft bearing foundations, 
particularly those in the way of the main engines, can be 
investigated to ensure satisfactory bearing performance 
under all operating conditions. In addition, when the ar- 
rangement includes water-lubricated outboard bearings 
that are designed to accommodate weardown, it must be 
ascertained that the weardown of these bearings will have 
no adverse effects. With these data the bearing reactions 
under the full range of operation conditions can be deter- 
mined and the bearing dimensions and loadings can be 
checked. At this point, it will generally be desirable to 
adjust the bearing arrangement tentatively selected so as 
to obtain more equal bearing reactions or to alter the 
number of bearings. 
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There are three basic types of vibration that can occur 
in a main propulsion shafting system: torsional, longitudi- 
nal, and whirling vibration. It is essential that a prelimi- 
nary vibration analysis of the shafting system be made in 
the early design stages because the shafting vibration 
characteristics are largely established by the ship parame- 
ters that are fixed at that time. Specifically, the shape of 
the hull afterbody, type of propeller, propeller aperture 
clearances, number of propeller blades, length of shaft- 
ing, shaft material, position of the main thrust bearing, 
rigidity of main thrust bearing foundation, type and con- 
figuration of prime mover, spacing of the aftermost bear- 
ings, and type of aftermost bearings largely establish the 


dynamic characteristics of a shafting system. The subse- 
quent development of design details has a relatively sec- 
ondary effect as compared with these major parameters. 
In addition, an analysis of the system's response to shock 
loadings is required for naval combatant ships. An analy- 
sis of the dynamic characteristics of a shafting system 
can be one of the more complex aspects of the design 
process. 

Once the arrangement, component sizes, and dynamic 
characteristics have been shown to comply with the design 
criteria, delign details are developed. This entails the de- 
velopment of detailed designs for flange fillets, flange 
bolts, propeller attachment, sleeves, and the like. 


Section 2 

i 

Arrangement Considerations 


2A Main Engine location. The location of the main 
engine output flange and the propeller location are essen- 
tial information in establishing the shafting arrangement. 
The fore-and-aft position of the main engine is generally 
established during the preliminary design stages after 
studying the ship arrangement, ship light-draft trim, and 
shafting system. 

To minimise the use of prime shipboard space for the 
propulsion plant, the main machinery is located as far aft 
as practicable. For ships that are driven through reduction 
gears, the limiting factor is usually the breadth of the ship 
in way of the reduction gears, provided that the resulting 
light-load trim of the ship is satisfactory. With vessels 
that have provisions for ballast, the light-load draft of the 
ship can be adjusted by taking on ballast, and the main 
machinery is usually confined to the stern of the ship. 
This arrangement requires a short run of shafting, and 
the number of line shaft bearings required is minimal. On 
the other hand, other types of vessels such as warships 
and dry-cargo ships have a limited ability to adjust their 
operating draft and trim by taking on ballast; therefore, 
to provide satisfactory light-load draft conditions in these 
cases, it is necessary to locate the main engines (and the 
associated weight) well forward of the stern. 

Normally a main engine with a reduction gear will be 
set as close to the innerbottom as the configuration of the 
main machinery will permit to reduce shaft rake. It is 
possible, and it is the usual case, to have limited projec- 
tions of the main machinery (e.g., the slow-speed gear lube 
oil sump) below the innerbottom when such projections do 
not excessively weaken the innerbottom (see Figs, 5, 6, 
and 9 of Chapter I). 

Projections into the innerbottom structure are gener- 
ally not required with direct-drive diesel installations, be- 
cause the distance from the crankshaft to the engine base 
is very much less than the radius of the slow-speed gear 
in a reduction gear arrangement. 

The main engine location in the athwartship direction 
is on the ship centerline of single-screw ships. On 



Fig. 4 Propeller operfure clearances 


multiscrew ships the engines are set off the ship center- 
line approximately the same distance as the propellers, V 
but the shaft centerlines usually do not parallel the center- c- 
line of the ship. The location of the engine in the 
athwartship direction is controlled by the propeller loca- 
tion, main engine details, and the machinery room ar- 
rangement requirements, 

2*2 Propeller Location. The location of the propeller 
is determined by the propeller diameter, the acceptable 
clearance between the propeller and the baseline of the 
ship, and the acceptable clearances between the propeller 
and the hull in the plane of the propeller. Although the 
propeller diameter selected should theoretically be the one 
corresponding to optimum efficiency for the propeller- 
ship system, in practice the optimum propeller diameter 
is usually larger than can be accommodated. As a result, 
the propeller diameter selected is a compromise. 

In locating the propeller in the aperture of a single- 
screw ship, a clearance of 6 to 12 in, is normally provided 
between the propeller tip and the baseline with clearwater 
sterns or to the rudder shoe with a closed stem (Fig. 4). 
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With high-speed ships, which are generally characterized 
by shallow draft and multiple screws, propellers are often 
permitted to project below the baseline in order to provide 
adequate clearance between the propeller and the hull. 
This is satisfactory provided maximum draft limitations 
for service routes or dry-docking are not exceeded. 

One of the most effective means of ensuring a satisfac- 
tory level of vibration aboard ship is to provide adequate 
clearances between the propeller and the hull surface. For 
this reasou, the subject of propeller clearances is one of 
overriding importance. Generally speaking, the greater 
the clearances, the better the performance from a vibra- 
tion standpoint. 

Three types of vibratory forces are generated by the 
propeller: (a) alternating pressure forces on the hull due 
to the alternating hydrodynamic pressure fields caused 
by the propeller blades; { b ) alternating propeller-shaft 
bearing forces, which are primarily caused by wake irreg- 
ularities; and (c) alternating forces transmitted through- 
out the shafting system, which are primarily caused by 
wake irregularities. If the frequency of the exciting force 
should coincide with one of the hull or shafting system 
natural frequencies, very objectionable vibration can oc- 
cur, An analysis of the forces generated by the propeller 
is given by W. S. Vorus in reference 2, which includes 
numerous references to papers and studies that deal with 
ship vibratory forces and dynamic behavior. 

When establishing propeller clearances, the perform- 
ance experience gained during the operation of similar 
ships should be taken into consideration. Of course, differ- 
ences between the important parameters of the ships un- 
der comparison must be assessed. Important parameters 
to consider are the unit thrust loading on the propeller 
blades, the number of propeller blades, the amount of 
propeller skew, the length of the ship, and the closing 
angle of the waterplane forward of the propeller. The 
importance of propeller positioning, propeller skew, etc. 
is given a detailed treatment in reference 2, 

Figure 4, which may be used as guidance in assessing 
aperture clearances, shows the range of experience which 
has been obtained in connection with large single-screw 
ships. When the propeller is supported by a strut bearing, 
i.e., multiscrew and transom-stern vessels, two clearance 
dimensions warrant careful study. These dimensions and 
the range of experience with them are shown in Fig. 5. 

2.3 Shaft Rake. In order to provide latitude when lo- 
cating the propeller and the main engine, it is usually 
necessary to rake the shaft centerline. The shaft is gener- 
ally raked downward going aft as this permits the main 
engines to be located higher in the ship. In multiserew 
ships the shaft is generally raked in both the vertical and 
horizontal planes, usually downward and outboard going 
aft. 

Large rakes should be avoided since a reduction in the 
propulsive efficiency is associated with rake. The intro- 
duction of rake incurs a reduction in the propulsion effi- 
ciency equal to 

e — (1 — cos# cos4>) 100 (1) 

where 0 is the shaft vertical rake angle and 6 is the 



Fig. 5 Clearances of a propeller supported by a strut bearing 


athwartship rake angle, both of which are measured rela- 
tive to the ship centerline. It is rare for 0 to exceed 3,75 
deg or d) to exceed 2.5 deg. From rake alone the reduction 
in propulsion efficiency will normally not exceed 0.3%, 
Aside from the efficiency penalty, there is no objection to 
moderate amounts of rake. 

2.4 Shaft Withdrawal. Occasionally shafting sec- 
tions, particularly those outboard, must be withdrawn to 
be inspected or repaired. Consequently, provisions for re- 
moving shaft sections from the ship must be considered 
ivhen developing a shafting arrangement. 

On single-screw ships with shafting arrangements simi- 
lar to Fig. 2, the propeller shaft is almost without excep- 
tion withdrawn inboard for inspection. If repairs are nec- 
essary, the shaft is removed from the ship by cutting a 
hole in the side of the ship and passing the shaft through 
it. This technique would be used for removing line shaft 
sections as well. 

With shafts having struts as shown in Fig. 1, a check 
must be made to ensure that the propeller shaft can be 
withdrawn from the strut after the propeller is removed. 
Withdrawal can be accomplished by removing the bearing 
bushings so that the shaft can be inclined sufficiently to 
allow its forward end to dear the ship's structure, the 
mating shaft flange, etc. This consideration can govern 
the length of the propeller shaft and the size of the strut 
barrel. Figure 1 shows the removal position of the propel- 
ler shaft. 

Removal of the stern tube shaft, which must have 
flanges on both ends, requires a decision regarding the 
type of flanges to be provided on the shaft. If the shaft 
is manufactured with integral flanges on both ends, the 
stern tube barrel and bearing bushings must be sized to 
pass the flange diameter. Since it is desirable to pass the 
shaft outboard, sufficient clearance should be provided to 
incline the shaft such that it will clear outboard struts, 
etc. In order to use smaller stern tubes and bearing bush- 
ings, the stern tube shaft can be manufactured with a 
removable flange coupling on the forward end. Prior to 
unshipping the shaft, the removal coupling is detached so 
that it is not necessary to disturb the stern tube bearings. 
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Section 3 
Shafting Loads 


3J Design Considerations, In genera), the dimen- 
sions of shafting are predicated on the basis of strength 
requirements; however, it is occasionally necessary to 
modify an otherwise satisfactory shafting system design 
due to vibration considerations. Shafting diameters usu- 
ally have only a minor impact on the longitudinal vibration 
characteristics, due to the fact that both the stiffness and 
the weight of the shafting change proportionately; but 
the whirling and torsional modes of vibration are sensitive 
to “shaft diameters. Shafting vibration, as such, is dis- 
cussed in Sections 7, 8, and 9. 

Propulsion shafting is subjected to a variety of steady 
and alternating loads, which induce_torsionaJ shear^axial 
thrust, and bending stresses in the shafting. In addition, 
there are radial compressive stresses between the shaft- 
ing and mating elements (such as between the propeller 
and shaft) which, when coupled with axial strains from 
bending stress, are very importantfrorma fatigue„s_tand^ 
point 

The steady loads represent average conditions and can 
be estimated with a degree of certainty as they are di- 
rectly derived from the main engine torque and the propel- 
ler thrust On the other hand, vibratory loads do not lend 
themselves to a precise evaluation and are difficult to 
treat in an absolute sense, 

3,2 PropeHer-Jnduced Loads. Aside from the alternat- 
ing bending stress due to the weight of the propeller, the 
circumferentially nonuniform velocity of the water inflow 
to the propeller (wake) generates one of the most impor- 
tant sources of the alternating loads in the shafting sys- 
tem. It is, however, important to distinguish between the 
importance of the circumferential nonuniformity of water 
inflow at a particular propeller radius and the non unifor- 
mity of the average flow at one radius as compared with 
another. While the former leads to vibratory propeller 
forces, the latter does not, 

A propeller blade section working in a constant velocity 
field at a particular radius has a steady flow and force 
pattern. The average axial velocity at each radius can be 
different without causing alternating loads. In such a case 
the propeller design can be adjusted for radial variations 
in the inflow velocity to achieve optimum performance. 
However, a propeller can only be designed to satisfy aver- 
age conditions at each radius, 

A variation in the inflow water velocity at a particular 
radius results in a change in the angle of attack of the 
propeller blade section as the propeller makes one revolu- 
tion, thereby creating alternating propeller forces. Figure 
6 is an example of the axial, V Ai and tangential, Vj, inflow 
velocities in the plane of the propeller for a single-screw 
ship. The tangential velocity component is symmetric on 
both sides of the vertical centerline of single-screw ships 
and is generally upward. The symmetry of the tangential 
velocity component would tend to suggest that its effect 
is uniform, but such is not the case. For a propeller blade 



Frg r 6 Flow of water in plane of propeller 


rotating clockwise looking forward, the tangential veloc- 
ity component effectively reduces the angle of attack of 
the blade sections as they pass up the port side (reducing 
thrust) and increases the angle of attack of the blade 
sections as they pass down the starboard side (increasing 
thrust). Figure 7 illustrates the variable propeller loads 
that result from nonuniform axial and tangential wake 
velocities. Also, another very important fact is that the 
tangential velocity components shift the center of propel- 
ler thrust to the starboard side of the propeller centerline 
of a propeller turning clockwise on a single-screw ship. 
This off-center thrust gives rise to a bending moment 
which is imposed upon the propeller shaft. 

Analyses can be made to predict the magnitude of the 
alternating components of torque and thrust, including 
the eccentricity of the resultant thrust relative to the 
shaft centerline. An approximation of these alternating 
components, which is sufficiently accurate for most appli- 
cations, can be obtained by using a quasi-steady analysis 
approach. A quasi-steady analysis is readily comprehensi- 
ble and is conducted by making an instantaneous examina- 
tion of the flow velocities relative to the propeller blades 
at discrete angular positions of a propeller blade [3]. The 
inflow velocities are regarded as constant (quasi-steady) 
at each blade position. By using the open-water character- 
istics [K T 'Kq-J diagram) of the propeller, the thrust and 
torque can be determined per blade, summed, and plotted 
as shown in Fig, 8, 

Since the slowest axial inflow velocity (highest wake) 
of single-screw ships is generally in the region above the 
propeller centerline, the greatest thrust tends to be devel- 
oped when the propeller blade is in the upper part of its 
orbit The effect of the tangential inflow velocity is to 


PROPELLERS, SHAFTING, AND SHAFTING SYSTEM VIBRATION ANALYSES 


359 


Legend 



run * blade tangential velocity 

V A ** axial speed of advance 

V T = tangential speed of advance 
V R = resultant of V A and V T 
Fmiu = minimum advance angle 
* maximum advance angle 

E = variation in blade advance 
angle during one revolution 
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Fig. 7 Typteof variation in advance angle of a 
blade section during an* revolution 




PROPELLER POSITION 

VERTICAL BINDING MOMENT IN PROPELLER SHAFT 
(PROPELLER W£<GBT INCLUDED) 




NUMBER OF PROPELLER BLADES 

5 

6 


Fig. S 


Typical tingle- screw propeller alternating tbrusl, torque, and bending moments resulting from 


nonuni form water inflow velocities 


shift the resultant thrust to the starboard side because 
the propeller blades develop greater thrust moving 
against the tangential velocity, as discussed in the forego- 
ing. This subject is given a detailed discussion in reference 
4, and it is noted that as the shape of the stem sections 
change from a V to a U shape, the resultant thrust center 
tends to move down because the inflow velocities over the 
bottom region of the propeller disk become more nearly 
equal to those in the upper region. The position of the 
resultant thrust is also sensitive to the ship’s draft. For 


instance, when a cargo ship operates lightly loaded with 
the propeller blades breaking the water surface, the cen- 
ter of thrust obviously shifts lower in the propeller disk. 

Figure 8 shows that a single-screw ship with a four- or 
six-bladed propeller (that is, an even number of blades) 
has larger torque and axial thrust variations than one with 
a five-bladed propeller. However, the thrust eccentricity 
(propeller shaft bending moment) is shown to be much 
greater for the five-bladed propeller than for the four- 
or six-b laded propeller. For a single-screw ship having a 
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propeller with an even number of blades, the fluctuating 
forces of two opposite blades give rise to a larger total 
thrust and torque amplitude because opposite blades si- 
multaneously pass through the slow water velocities at 
the top and bottom of the propeller disk. The transverse 
force and bending moment developed by one blade tend 
to be compensated by similar loads on the opposite blade. 

For propellers having an odd number of blades, the 
blades pass the upper and lower high-wake regions alter- 
nately, The total thrust and torque variations are there- 
fore smaller as compared with a propeller having an even 
number of blades. However, due to the alternate loading 
of the propeller blades, the transverse forces and bending 
moments do not cancel. Therefore, larger bending mo- 
ments occur with propellers having an odd number of 
blades. Propellers have been designed with a large 
amount of skew (see blade skew, Section 6.3), in the order 
of 70 deg, as a means of reducing the alternating propeller 
thrust and torque loads. 

The nonuniform character of the water inflow to the 
propeller can be resolved into Fourier components with 
the propeller rotational frequency (shaft frequency) as 
the fundamental [5]. Since it may be assumed that linear- 
ity exists between inflow velocity variations and propeller 
blade force variations, the Fourier components of the in- 
flow velocity are also the Fourier components of force of 
a single blade making one revolution. Only those harmon- 
ics of loading that are integral multiples of blade number 
(kZ) contribute to the unsteady thrust and torque, and 
only those harmonics of loading adjacent to multiples of 
blade frequency (kZ ± 1) contribute to the unsteady trans- 
verse forces and bending moments [2], All other harmon- 
ics cancel when summed over the blades. The selection of 
the number of blades can be based on the relative 
strengths of the harmonics in the inflow water velocity to 
the propeller to minimize the alternating thrust and 
torque and bending moments. 

Reference 6 contains an evaluation of the value of a 
quasi-steady inflow analysis approach for estimating the 
propeller bearing forces and demonstrates by full-scale 
tests and comparisons with more comprehensive analyses 
that the method is consistent with the accuracy of the 
information available during the preliminary design 
stage. 

The theory and concepts that can be used to evaluate 
bearing reactions resulting from propeller forces are also 
reviewed in reference 2; useful references that provide 
further information on the subject are also provided. Ref- 
erence 2 describes and provides an example stripwise ap- 
plication of two-dimensional gust theory as developed by 
von Karman and Sears. This analytical procedure, which 
is relatively simple to apply, can be used to develop mean- 
ingful evaluations of variations in design parameters sucli 
as wake and blade skew, though it should be noted that 
the procedure tends to overestimate blade lift by 30 to 
50% because the effects of the blade aspect ratio are not 
properly taken into account However, the results ob- 
tained are useful when evaluating the characteristics of 
design alternatives; and, as noted by Vorus in reference 
2, the two-dimensional unsteady strip method is preferred 


Table T Ratio of shaft torque measured during high-speed 
maneuvers to normal torque 


Ship Type 

No. of 

Shafts 

Torque Ratio 
Inboard Outboard 

Naval 

4 

12-1.4 1. 2-1.3 

Naval 

1 

1.1-12 

Merchant 

2 

12-1.3 

Merchant 

1 

1.1-13 


4 

to other procedures for applications that are normally of 
interest during design developments. It is noted, however, 
that the practical application of the more sophisticated 
unsteady analytical procedures has been substantially en- 
hanced by the development of computer programs for this 
purpose, i 

Variable propeller forces, in addition to those resulting 
from a nonuniform water inflow, are generated as a result 
of the proximity of the hull to the propeller. Hull surface 
forces generated by the propeller are of the utmost impor- 
tance when evaluating hull vibrations, 

3,3 Torsional Loads, The mean torsional load on the 
shafting, which results in the average torsional stress, is 
calculated from the output of the main engine. If the full- 
power shaft horsepower output, H, of the main engine is 
developed at N rpm, then the steady torsional load, Q, on 
the shafting is 


In the design of naval shafting systems, it is common 
practice to increase the torque calculated with equation 
(2) by 20 percent [7]. The increase in design torque is an 
allowance in recognition of the additional torque devel- 
oped during high-speed maneuvers, rough-water opera- 
tions, foul-hull conditions, etc. During turns, the ship 
speed decreases, which results in a reduction in the propel- 
ler speed of advance; therefore, if there is no reduction in 
shaft horsepower, there is an increase in the shaft torque. 
Similarly, as the hull becomes foul, the ship speed reduces 
and full-power torque is developed at a lower rpm. 

While high-speed maneuvers are a design criterion for 
naval ships, such torque increases are normally not con- 
sidered in merchant practice because merchant ships do 
not engage in extensive high-speed maneuvers. Also, the 
torque increase, which is relatively small, due to hull foul- 
ing is accepted as a reduction in the factor of safety in 
merchant practice. 

The torque increases measured during trials of single- 
screw and multiscrew ships in high-speed turns are given 
in Table I* The torque ratio shown is the peak torque 
value observed during steering maneuvers divided by the 
torque at the start of the tests. 

Although alternating torsional loads can be generated 
by other sources, the propeller is the only one of practical 
importance except in direct-drive diesel propulsion plants, 
where the cyclic engine torque may be significant. Alter- 
nating torsional loads generated by the propeller occur 
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Table 2 Propeller variable torque excitation factors 


No, of Propeller Blades 

Single-screw vessels 

Twm-screw vessels with 
struts 

Twin-screw vessels with 
bossings 

Note: Excitation torque 


Torque Excitation Factor, r 
3^ 4 5 

0.07-0.12 0 J0-0.I5 0J)6J).10 

0.02-0,05 0.02-0.05 0.02-0.04 

0.04-0. 0B 0.04-0.06 0.04-0.05 

rQ, where Q = mean torque. 


predominantly at blade frequency as a result of the non- 
uniform wake as discussed In Section 3.2. Shafting sys- 
tems are carefully designed to avoid torsional resonant 
frequencies at full power; therefore, alternating torsional 
loads are not considered to be amplified by resonance. The 
range of the magnitude of the forced torsional alternating 
loads is given in Table 2. It will be noted that the variable 
torque can be of a significant magnitude even without 
magnification. 

3*4 Thrust Loads. The magnitude of the mean propel- 
ler thrust load on the shafting system is equal to the 
towed resistance of the ship, corrected by the interaction 
effect between the propeller and hull as the propeller 
pushes the ship. This interaction effect is known as the 
thrust deduction [1], The value of the design thrust can 
be obtained from powering calculations or from model 
basin tests conducted for the ship. For preliminary design 
purposes the propeller thrust can be estimated as 

_ R 326 E 326 H (PC) 

T = = = — - — - (3) 

i - 1 m - 1) - 1) 

where 


Table 3 Propeller variable thrust excitation factors 


No. of Blades 


Multiple screw 

3. 4, or 5 

3 

4 or 5 

3 

4 

5 

Single screw 

3 

4 or 5* 


Location 


behind struts 
behind skegs 
behind skegs 
behind bossings 
behind bossings 
behind bossings 


Thrust 

Excitation 

Factor,/ 


0.02-0.05 
0,07-0.13 
0.03-0.09 
0,06-0.12 
0.05-0 JO 
0,04-0.08 

0.08-0.12 

0.03-0.08 


a U-seetions tend to emphasize the even-order components, and V- 
seetions the odd-order components. 

Note: Excitation thrust = JT } where T = mean thrust 


where 

T m = submergence-pressure shaft load, lb 
S — submergence design test depth, ft ' 

D 9 = shaft sealing diameter, in. _ 1 "F ' 

The predominant alternating thrust load generated by 
the propeller occurs at propeller blade-rate frequency as 
a consequence of the nonuniform inflow water velocity to 
the propeller as discussed in Section 3.2. The magnitude 
of the variable thrust loads is dependent upon the number 
of propeller blades. For single-screw ships, an even num- 
ber of blades will result in greater alternating thrust loads 
than an odd number, as noted in Section 3.2. For prelimi- 
nary estimates, the magnitude of the alternating thrust 
as a percentage of mean thrust can be taken from Table 
3. 


T — propeller thrust on shaft, lb 
V — ship speed at maximum power, knots 
i? = hull resistance at F, lb 
E — hull effective horsepower at V t hp 
H — maximum shaft horsepower, hp 
t = thrust deduction fraction 

PC = propulsive coefficient 

The value of t ranges from about 0,16 to 0.23 for single- 
screw ships that range from fine to full lines, respectively. 
Twin-screw ships have t values ranging from about 0.1 to 

0. 2, with the smaller value corresponding to ships with 
struts, and the larger value applying to ships with boss- 
ings, PC values of 0.73 for single-screw ships and 0.68 for 
multiscrew ships are average values and are normally 
found to be suitable for preliminary estimates. Reference 

1, describes methods that may be used to estimate t and 
PC in cases where model test results or ship's perform- 
ance calculations are not available. 

In the design of submarines, another component of 
shaft load may become of sufficient magnitude to warrant 
explicit consideration. The shaft axial load resulting from 
submergence is equal to the submergence pressure times 
the shaft area in way of the hull-penetration shaft seal. 
The axial load is equal to: 

T s = 0.35 SD J (4) 


Insofar as the strength of the shafting is concerned, 
neither the mean nor the alternating thrust loads are ma- 
jor design considerations. With merchant ships, the mean 
compressive stress is 1000 to 1500 psi; even in highly 
stressed shafts in naval ships the mean compressive 
stress seldom reaches 2500 psi. Torsional shear stresses 
are of predominant importance; and since the stresses due 
to thrust do not combine additively with the torsional 
stresses, the importance of the thrust stress is reduced 
even further. 

3.5 Bending Loads. Loads which cause bending 
stresses to occur in the shafting are the result of gravity, 
shock, off-center thrust loads, and whirling shaft vibra- 
tion. With the exception of once-per-revolution whirling 
vibration, all are alternating loads relative to a point on 
the shaft and occur at either shaft rotative frequency or 
once, or twice, the propeller blade frequency. 

The weight of the shafting itself, which is a gravity 
load, is normally of minor importance with regard to in- 
board shafting unless there are unusual weight concen- 
trations, such as a shaft locking device or brake drum, a 
pitch-control mechanism for a controllable-pitch propeller, 
or an exceptionally long span between bearings. When 
the shaft spans between bearings are essentially equal, 
and neglecting the weight of flanges, the maximum static 
bending moment occurring at the shaft bearings as a re- 
sult of shaft weight can be determined approximately as 
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where 

M — bending moment at bearing, in.-Ib 

L = span between bearings, in* 

w = weight per unit length of shafting, lb /in. 

If the spans between bearings are not approximately 
equal, such a simple approach cannot be used; instead, a 
continually supported beam analytical technique must be 
used. The customary practice is to use a continuous-beam 
analytical procedure to calculate the bending moments at. 
all critica] shaft locations* 

Gravity loads on the outboard shafting tend to be of 
major importance due to the large concentrated weight 
of the propeller. The long length of the bearings used 
outboard complicate an accurate definition of the bearing 
reaction resultant location. The assumed locations of the 
bearing reaction resultants are very important as they 
are direct determinants of the bending moments calcu- 
lated. An accepted practice is to assume the reaction to 
be at the center of all bearings except the bearing just 
forward of the propeller. Because of the large weight of 
the propeller, the propeller shaft has a significant slope 
at this bearing; therefore, the resultant bearing reaction 
tends to be in the after region of the bearing. Water- 
lubricated bearings have L/D ratios of about 4 for this 
bearing, and the resultant reaction is usually assumed to 
be one shaft diameter forward of the aft bearing face. 
Oil-lubricated bearings have L/D ratios that range from 
about 1 to 2, and inspections of the shaft contact in these 
bearings indicate that hard contact is confined to the after 
region of the bearing for a length approximately equal to 
the diameter of the shaft. The accepted practice is to as- 
sume that the resultant bearing reaction in oil-lubricated 
bearings is located one-half shaft diameter from the after 
bearing face. 

Generally the most significant shaft bending moment 
is due to the overhung weight of the propeller. The maxi- 
mum static propeller shaft bending moment is computed 
as 

M p - W pL, (6) 

where 

M v ~ propeller overhung moment in propeller shaft, 
in, -lb 

W p = weight of propeller assembly in water, includ- 
ing shafting* abaft the aftermost bearing re- 
action resultant, lb 

L p = distance from CG of propeller assembly to 
aftermost bearing reaction resultant, in. 

Equation (6) is the moment at the bearing reaction point 
assuming that the reaction is a point support rather than 
a distributed reaction over a region of the shaft* The point- 
support assumption is justified in that the exact load dis- 
tribution on the bearing is unknown and the moment cal- 
culated in this manner is somewhat in excess of the actual 
value, which could be determined if the distribution of the 
bearing reaction was known* 


There are a number of influences in addition to the 
gravity moment of the propeller that can have a signifi- 
cant impact on the propeller shaft bending stress. These 
are the eccentricity of thrust, water depth, sea conditions, 
and ship maneuvers. Under the general guidance of 
SNAME Panel M-8, the propeller shafts of a total of five 
ships have been instrumented to measure the bending 
stresses under actual operating conditions* Data obtained 
from these tests are reported in references 8 through 12* 
Table 4 summarizes the characteristics of the ships tested* 
The tests wete conducted to show the significance of the 
ship loading, sea conditions, ship maneuvers, and thrust 
eccentricity* 

Eccentricity of the propeller thrust produces a signifi- 
cant propeller shaft bending moment* With the possible 
exception of submarines, the propeller resultant thrust is 
eccentric frojn the propeller shaft centerline under almost 
all operating conditions and is usually in the upper star- 
board quadrant of single-screw ships* Therefore, it does 
not combine directly with the propeller gravity moment* 
Light-draft operating conditions and "U" shaped stem 
sections tend to bring the thrust and gravity moments 
closer together and make them more additive. Table 4 
gives the thrust eccentricity factor, C/D , determined from 
full-scale test data for heavy-displacement, calm-sea con- 
ditions. The thrust eccentricity, C, shown in Table 4 is the 
resultant of the eccentric thrust and the gravity compo- 
nents. 

Full-scale tests on the Jamestown [11] permit an evalu- 
ation of the influence of ship loading, sea conditions, and 
maneuvers* These factors are summarized in Table 5* The 
factors presented in Table 5 are the ratios of the bending 
stresses for the various conditions described to the bend- 
ing stresses under full-load, deep-water, calm-seas, and 
straight-ahead operations. The extrapolated results from 
the Observation Island tests [12] generally support the 
factors in Table 5. It should be noted that maneuvers such 
as crash-backs rarely occur, and that shafting need not 
be designed to withstand stresses three times the normal 
value on a continuing basis* 

The shock loadings that must be considered in the de- 
sign of shafting for naval combatant ships are akin to the 
gravity loading and are frequently determined by multi- 
plying the gravity force loads by a “shock” factor; how- 
ever, more sophisticated methods are available for de- 
termining the shock loads through the application of 
dynamic analysis techniques* References 13 and 14 de- 
scribe the procedures used to conduct dynamic shock anal- 
yses of shafting systems. 

Misalignment in shafting systems can produce very sig- 
nificantbending loads and this factor is probably responsi- 
ble for the majority of inboard shafting failures* The sen- 
sitivity of the shafting to misalignment should be 
reviewed with particular attention given to wate rubri- 
cated stern tube and strut bearings, which are subject to 
weardown in service. The sensitivity of the shafting to 
misalignment can be assessed by calculating the shafting 
bearing reactions and moments with the shafting in vari- 
ous misaligned conditions. These calculations are very 
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Table 4 Ships instrumented to determin e tail shaft bending stresses 


Ship Name 

Type Ship 

A 

IBP. 

ft 

B, 

ft 

C B 

shp 

rptn 

Design 

Thrust, 

ib 

Prop. 

Dia*, 

A ft 

Thrust 

Recent, 

an 

Thrust 

Eecent 

Factor, 

C/D 

Reference 

Obispo 

T2-SE-A2 

tanker 

20,300 

503 

68 

0.74 

10,000 

95 

184,000 

19.5 

0*91 

0*047 

[8] 

Chryssi 

tanker 

38,100 

615 

84 

0*77 

15,000 

112 

246,000 

22 

1,81 

0*060 

T91 

Robinson 

Victory 

ship 

15,200 

436.5 

62 

0*69 

8,500 

85 

166,000 

20.5 

1.67 

0.082 

m 

Jamestown 

tanker 

50 r 200 

665 

m 

0*75 

26,500 

106,5 

385,000 

23 

1.26 

0*055 

111] 

Observation 

Mariner 

16,400 

528 

76 

0.60 

22,000 

no 

271,000 

22 

1*68 

0.076 

12] 

Island 














Table 5 Increase in propeller shaft bending stresses due to 
various effects 


Load 

Sea Condition 

Operation 

Water 

Depth 

Factor 

Heavy 

calm 

ahead 

deep 

i 

Heavy 

calm 

maneuvering 

deep 

2 

Heavy 

calm 

crash back 

deep 

3 

Light 

calm 

ahead 

deep 

IK 

Light 

calm 

maneuvering 

deep 

2 K 

Light 

calm 

crash hack 

deep 

2 % 

Heavy 

stormy 

ahead 

deep 

2 \ 

Light 

stormy 

ahead 

deep 

2 % 

Heavy 

calm 

ahead 

shoal 

i i 

Light 

calm 

ahead 

shoal 

w* 


easily made by using the bearing reaction influence num- 
bers, which are discussed in Section 4*4* 

Lateral or whirling vibration of the shafting does not 
cause stress reversals, but it can result in increased bend- 
ing loads in the shafting* However, since the shafting 
system is designed to avoid whirling eriticals in the upper 
operating range, bending loads from shaft whirling vibra- 
tion are not considered when designing the shafting. 


3*6 Radial Loads* Radial loads in shafting are caused 
by driving the propeller onto the shaft taper, shrink-fit- 
ting sleeves on the shafting, and shrink-fitting removable- 
flange couplings* The radial compressive stresses re- 
sulting from these loads are normally of insignificant 
magnitude and are not considered in determining the 
shaft factor of safety* However, these radial loads can be 
of importance in that they can give rise to fretting corro- 
sion when coupled with bending loads or alternating tor- 
sional loads that cause minute relative movement of the 
mating surfaces* Fretting corrosion can be controlled by 
limiting the relative motion and by cold-rolling the mating 
shafting surface. Cold-rolling of shafting surfaces is dis- 
cussed in Section 4*7* 

Another consideration is that if a radial load is applied 
abruptly, a stress concentration can occur* Therefore, the 
ends of shrunk-on hubs, liners* etc. should be designed 
with stress-relief grooves to minimize sudden changes in 
radial compression loads caused by shrink or press fits. 


Section 4 
Shafting Design 


4.1 Shaft Materials* With the exception of naval ves- 
sels and merchant vessels of very high power, mild steel 
is used for both inboard and outboard shafting. In the 
case of high-powered ships, the inboard shafting may be 
made of high-strength steel; however, high-strength steel 
is not recommended for outboard applications. Because 
of the seawater environment, as well as the fretting corro- 
sion conditions that exist at shaft sleeves and the propeller 
interface, the fatigue limit of high-strength steel is not 
reliably greater than that of mild steel, nor is the endur- 
ance limit in a fretting corrosion condition better than that 
of mild steel* 

Considerations in the selection of shafting materials 
are: fatigue characteristics, weldability, the nil-ductility 
temperature, and the energy absorption capability. An 
array of chemistry and physical property standards has 
been established for marine shafting materials that pro- 
vides a range from which shafting materials can be se- 
lected. Chapter 22 contains more specific information re- 
garding materials* 


4*2 Computation of Shaft Diamoters* Shafting for 
merchant vessels is required to meet the minimum stan- 
dards set by the classification society which classes the 
vessel. Classification societies use rather simple formulas 
to compute the minimum shaft diameters* These formulas 
normally contain coefficients which are changed from 
time to time in recognition of experience or advancements 
in technology* The American Bureau of Shipping (ABS) 
formula for propulsion shafting is of the following form 

[IS]: 



where 

D — required shaft diameter, in. 

K — shaft design factor, which is dependent upon de- 
sign details and ranges from: 0.95 to 1.2 for 
line shafts, 1*15 to 1.18 for stern tube shafts, 
and 1*22 to L29 for propeller shafts 

H = rated shaft horsepower 
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R — rated rpm 

U = ultimate tensile strength of shaft material, not 
to exceed 60,000 psi for propeller shafts or 
116,000 psi for other shafts. 

It may be noted that equation (7) does not explicitly 
recognize bending loads and dynamic loads; nevertheless, 
equation (7) does provide a sound basis for the establish- 
ment of shafting diameters. This is because the predomi- 
nant torsional shear stress in line shafting is properly 
considered and an appropriate allowance has been made 
for propeller bending loads and dynamic loads. The level 
of torsional shear stress, S„ corresponding to equation (7) 
can be determined by observing that 


$,= 


160 
rr D 3 


321, m~ 


( 8 ) 


By substituting equation (7) into equation (8) and setting 
U = 60,000 psi for mild-steel shafting, it is seen that 


S t = 


7226 


( 9 ) 


When K — 1, as for straight sections of line shafting for 
diesel-driven ships, the mean torsional shear stress would 
be 7226 psi. The minimum tensile yield stress of mild steel 
is 30,000 psi; consequently, it is seen that adequate margin 
is provided for secondary influences that may appear to 
be neglected- 

The shaft design factor, K, specified for a propeller 
shaft that has a keyless propeller attachment and oil- 
lubricated stern tube bearings is L22, which means that 
the propeller shaft diameter is required to be 22% larger 
than the corresponding straight section of line shafting 
that is sized with K = 1. The 22% increase in diameter is 
based upon analytical and empirical data and is in recogni- 
tion of influences such as the propeller shaft bending 
load due to the overhung propeller weight and dynamic 
propeller loads. 

Equation (7) includes allowances for the shafting loads 
associated with conventional ship designs; however, no 
provisions are made for navigation in ice. The ABS Rules 
[15] acknowledge the substantial loads that ice navigation 
can impose upon a ship, and the design criteria for the 
shafting system is one of the specific aspects of a ship 
that is required to be strengthened for navigation in ice. 
There are several classes of ice strengthening, which cor- 
respond to different types of operating regions, ice condi- 
tions, and vessel service. 

In no case can a designer accept classification society 
design criteria without question, particularly when ap- 
plied to unusual designs. Classification society rules are 
largely established on the basis of successful experience; 
consequently, a designer must analyze a particular design 
from the perspective of conventional practice and compen- 
sate for the effects of influencing factors not appropri- 
ately considered. 

Prudence requires that the propeller shaft diameter 
specified for a particular application be increased by a 
small margin (0.25 to 0.5 in.) above the minimum diameter 
required by the classification society rules. This margin 


can be used to remove a small amount of surface metal 
in the event that the shaft becomes superficially damaged 
when being handled or during service without infringing 
upon the classification society minimum requirements, if 
no margin is provided, a small damaged area could neces- 
sitate weld repairing the damaged area or perhaps scrap- 
ping an expensive shaft. 

The formulas included in the ABS Rules for the estab- 
lishment of minimum shafting diameters do not preclude 
the use of other analytical design procedures. The ABS 
Rules include 4 provision w T hich states that, as an alterna- 
tive to the use of the formulas, shafting with a minimum 
safety factor of 2.0, based on a detailed fatigue analysis, 
will be specially considered [15]. 

Reference 16 is a report of a service life comparison of 
15 oversized propeller shafts, which have section moduli 
that are 74% greater than required by ABS, with 15 shafts 
of normal size, which have section moduli that are 11,5% 
greater than' required. The comparison showed that the 
mean expected service life of the oversized shafts was 
less than that of the shafts of normal size. Although the 
statistical sample was small, the study clearly showed 
that propeller shaft problems are not necessarily solved 
by simply making the shaft larger. 

The approach used to establish the size of naval shaft- 
ing is considerably different from that used with mer- 
chant shafting. The procedure used to determine the size 
of naval shafting is delineated in reference 7. As stated 
in reference 7, an effort is made to assess all significant 
shafting loads in each particular case, although some 
loads are by necessity handled in an approximate manner. 
For example, m order to allow for the effects of off-center 
thrust and abnormal loadings due to rough weather and 
the like, the propeller shaft bending stress due to the 
static weight of the propeller is multiplied by a factor of 
3 for single-screw ships and 2 for multiple-screw ships. 

An additional difference between merchant and naval 
procedures is the criteria of acceptance. In naval practice, 
dual criteria are used. Factors of safety are specified for 
all shafting and, in addition, a specific bending stress limit 
is specified for the propeller shaft. The reason for the 
latter requirement is that fatigue tests conducted on mod- 
els of propeller shaft assemblies and crankpins showed 
that alternating bending stress levels in excess of 6000 
psi in surface rolled (cold-rolled) shafts result in fatigue 
cracks after 84 million Stress reversals [10]. Therefore, 
normal operating bending stresses in excess of this stress 
level are not prudent design criteria. Furthermore, the 
endurance limit of a propeller shaft assembly can be es- 
sentially independent of the fatigue limit of the material 
in air. If seawater contacts the steel shaft, no endurance 
limit exists; and it is only a matter of time before cracks 
occur that are followed by ultimate failure. 

4.3 Bearing Locations, Bearing locations have been 
determined by an array of criteria. It was once thought 
that providing two bearings per shafting span was desir- 
able because that arrangement facilitated shafting instal- 
lation and alignment. Also, bearing locations were often 
based upon intuitive judgment. With design criteria such 
as these, problems due to unloading of bearings, excessive 
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rates of weardown, shaft whirling, and gearing misalign- 
ment were not rare. Problems were frequently related to 
the system having too many bearings. In order to better 
understand the optimum locations for bearings, designers 
began analyzing shafting as a continuous beam. The de- 
velopment and general dissemination of computer pro- 
grams specifically applicable to shafting system analysis 
made it feasible to routinely conduct in-depth studies to 
optimize shafting systems as well as diagnose recurring 
problem areas. 

Factors to be considered in determining the number and 
location of shaft bearings are: 

(а) Ship's fixed structure and arrangement. 

(б) Equality of line shaft bearing reactions. 

(c) Bearing unit loads and L/D ratios, 

(d) Shafting flexibility. 

(e) Lateral vibration natural frequencies (shaft whirl). 

The ship's fixed structure such as bulkheads and stan- 
chions will usually require compromises in the shafting 
arrangement. Also, provisions for maintenance and over- 
haul must be considered before final bearing locations are 
set 

From a cost and interchangeability standpoint, all line 
shaft bearings should be identical. Therefore, the bear- 
ings should be spaced such that the bearing reactions are 
approximately equal. If this is done, the total number of 
hearings in the run of shafting is set by the total shaft 
weight, the permissible design unit load, and the accept- 
able L/D limits. The number, R t of line shaft bearings 
required to support a run of shafting can be tentatively 
determined as follows: 


R = 


W 

pD 2 L/D 


{ 10 ) 


where 

W — total weight of shafting to be supported (note 
that gear and stern tube bearings may 
carry some line shaft weight) 
p = design bearing pressure based on projected 
area (maximum permissible pressure less 5 
to 10 psi to allow for variations) 

D — shaft diameter in way of journal (normal prac- 
tice is to increase the shaft diameter Y g to V 4 
in. in way of bearings) 

L/D = bearing length /diameter ratio 

After tentatively selecting the number of bearings and 
spacing them approximately equally, a detailed analysis 
of the bearing loads under all normal operating conditions 
is made (see Section 4,4). Particular care must be taken 
during the selection of the aftermost and forwardmost 
line shaft bearing locations to ensure that adequate shaft- 
ing flexibility is provided; these bearings are subjected to 
a varying alignment in service. The conditions of primary 
importance are the cold start-up condition, the hot op- 
erating condition, and the bearing weardown and mis- 
alignment conditions. A major consideration in this analy- 
sis is the influence of the shafting on the reduction gear 
bearing loads or diesel engine bearing loads resulting 


from the thermal change in the position of these bearings 
when going from the cold to the hot operating condition. 
Criteria for the alignment of the propulsion unit to the 
shafting are developed on the basis of this analysis. 

Weardown of water-lubricated outboard bearings al- 
ters the loads on the aftermost line shaft bearings. The 
loads on the aftermost bearings must be analyzed for all 
operational conditions of weardown to ensure satisfactory 
performance. A major concern is the possibility of a bear- 
ing becoming unloaded. The effects of weardown are dis- 
cussed further in the following sections. 

A parametric study of minimum line shaft bearing spac- 
ing was carried out and reported in reference 17. The 
conclusion reached was that for shafting arrangements 
having one or more line shaft bearings the minimum span 
ratio (i.e,, ratio of bearing center distance to shaft diame- 
ter) should be 14 for shafts with diameters in the range 
of 10 to 16 in. and 12 for shaft diameters of 16 to 30 in, 
The maximum span ratio could be in the range of 20 to 22 
but the final determination must be based on strength, 
shaft slope at the bearings, and vibration characteristics. 

4.4 Shafting System Calculation Output In the course 
of preparing a shafting arrangement, alignment studies 
are conducted to determine the effects of bearing wear- 
down and the effects of changes in the heights of the gear 
and steady bearings resulting from thermal expansion. 
The alignment studies are based upon a computer model 
that is developed from shafting arrangements such as 
illustrated by Figs. 1 and 2. The model incorporates the 
location of all concentrated weights, changes in shaft di- 
mensions, and locations of bearings. The effect of buoy- 
ancy on the weight of the propeller and wet shafting is 
considered. Specialized computer programs that are based 
on continuous-beam analysis methods are generally used 
to calculate the data required to conduct shafting 
analyses. 

The important output from shafting computer calcula- 
tions includes the following specific data: 

(а) Linedn-line reactions. 

(б) Slope of shafting at discrete points. 

(c) Deflection of shafting at discrete points. 

(d) Moments in shafting at discrete points. 

(e) Lateral natural frequency of shafting. 

(/) Bearing reaction influence numbers. 

The shafting line-in-line bearing reactions are the reac- 
tions with all bearings aligned concentrically, and are il- 
lustrated by the first row of Table 6 for the shafting 
arrangement shown in Fig. 1. The significance of the shaft 
slopes, shaft deflections, shaft moments, and lateral natu- 
ral frequency of the shafting is apparent; however, the 
importance of bearing reaction influence numbers may 
not be as evident. Table 7 is a tabulation of the bearing 
reaction influence numbers for the same shafting ar- 
rangement, The numbers given in Table 7 represent the 
change in the magnitude of the bearing reaction of the 
various bearings as a result of raising any bearing one 
mil. Through the application of these influence numbers, 
which reflect the shafting system flexibility, it is possible 
to investigate the influence of shafting misalignment 
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Table 6 Tabulation of bearing reactions for shafting arrangement shown in Fig. 1 


Bearing No. 

Fwd 

Slow-Speed 

Gear 

1 

Aft 

Slow-Speed 

Gear 

2 

Fwd 

Line 

Shaft 

3 

Line 

Shaft 

4 

Line 

Shaft 

5 

Line 

Shaft 

6 

Line 

Shaft 

7 

Stern 

Tube 

8 

Strut 

9 

Line-in-line 

26900 

49500 

23200 

25500 

25200 

27200 

15900 

62600 

89900 

Cold (as aligned) 

41700 

29700 

29600 

23700 

25700 

27000 

15900 

62600 

89900 

Hot (as aligned) 

36300 

37300 

26500 

24900 

25400 

27100 

1590 U 

62600 

89900 

Weardown condition* 

36300 

37100 

26700 

24300 

27200 

20100 

30800 

51000 

92200 

Measured (hot) 

. . . 

38500 

26700 

26400 

25300 

30300 

11200 


. . . 


a Assume a strut bearing weardown of 0,200 in. and a stern tube bearing weardown of 0 >185 in. (consider weardown proportional to 
bearing pressure). * 


Table 7 Bearing reaction influence numbers far shafting arrangement shown in Fig. 1 
(pounds per mil of vertical displacement) 


Bearing No. 

Fwd 

Slow-Speed 

Gear 

1 

After 

Slow-Speed 

Gear 

2 

Fwd 

Line 

Shaft 

3 

Line 

Shaft 

4 

Line 

Shaft 

5 

Line 

Shaft 

6 

Aft 

Line 

Shaft 

7 

Stern 

Tube 

8 

Strut 

9 

1 

853 

-1125 

336 

-81 

21 

-6 

2 

— 

— 

2 

— 1125 

1506 

-493 

141 

-36 

10 

-3 

1 

— 

3 

336 

-493 

259 

-146 

f 55 

— 15 

4 

-1 

— 

4 

-81 

141 

-146 

165 

-116 

48 

-13 

3 

— 

5 

21 

-36 

55 

-116 

152 

-115 

48 

-11 

1 

6 

-6 

10 

-15 

48 

-115 

158 

-120 

42 

—4 

7 

2 

-3 

4 

-13 

48 

-120 

163 

— 98 

16 

8 

_ _ 

1 


3 

-11 

42 

-98 

82 

-18 

9 

— 

— 

— 

— 

1 

—4 

16 

-18 

5 


Notes: 

The numbers tabulated above represent the effect of raising a given bearing one mil; e.g., if the forward line shaft bearing is raised one 
mil, the forward slow-speed gear bearing reaction increases 336 lb, the after slow-speed bearing reaction decreases 493 lb, the forward line 
shaft bearing increases 259 Tb, etc. 


caused by thermal expansion, weardown, and other such 
effects. Alignment requirements are developed on the ba- 
sis of the bearing reaction influence numbers. Also, the 
principles employed with the hydraulic jack method of 
measuring bearing reactions (see Section 4.12} originate 
with the bearing reaction influence numbers. 

There are many instances where bearing reaction influ- 
ence numbers provide the basis for essential analytical 
capabilities; however, such data often are not available 
when they are needed. As an alternative to generating 
bearing reaction influence number data from specialized 
shafting analysis computer programs, it should be noted 
that the same data can be derived from any of the general- 
ized finite-element analysis procedures. This is accom- 
plished by creating a beam mode! that incorporates all 
bearing locations and all significant changes in shaft ge- 
ometry, Successive calculations are then made to deter- 
mine the effect upon all bearing reactions that results 
from each of the bearing positions being individually dis- 
placed one mil vertically. To produce a complete table of 
bearing reaction influence numbers, a calculation must be 
made for each bearing in the shafting system. To simplify 
the calculations, the vertical stiffnesses of the bearing 
housings and foundations are generally assumed to *be 
infinitely rigid relative to the flexibility of the shafting 
in way of the bearings. This is generally a permissible 
assumption; however, unusual arrangements, such as a 
rubber-mounted outboard bearing, may require that the 
flexibility of the bearing support be considered. 

4.5 Shaft Alignment, The alignment of all main pro- 
pulsion shafting, including that for turbine-gear, diesel- 
gear, and direct-drive diesel prime movers, is carried out 


following essentially the same steps. There are some 
unique differences in the criteria for satisfactory align- 
ments, which primarily concern the presence of a reduc- 
tion gear; however, in all ships both the outboard bearings 
and the line shaft bearings must be loaded within accept- 
able limits, the shafting must be manufactured without 
excessive eccentricity, and the athwartship alignment of 
the shafting must ensure that there will be no objection- 
able side loads on bearings. 

a. Shaft alignment to reduction gears. The ship 
structure that supports propulsion reduction gears is com- 
monly designed to serve as the main lubricating oil sump; 
consequently, when the lubricating oil warms to operating 
temperature, the containing structure expands, When the 
propulsion plant goes from the cold to the operating condi- 
tion, the slow-speed gear bearings typically rise in the 
range of 15 to 30 mils relative to the line shaft, bearings. 
This rise can significantly alter the reactions of the slow- 
speed gear bearings and the forward line shaft bearings. 
Of particular concern is the fact that the static load on 
the forward slow-speed gear bearing decreases while that 
on the after bearing increases. As can be seen from the 
typical reduction gear bearing reaction diagram shown in 
Chapter 9, this causes the slow-speed gear to assume a 
crossed-axis position relative to the slow-speed pinions, 
which are not similarly affected. As a result, the tooth 
load tends to be more heavy on one end of each helix. 
Reference 18 contains a detailed discussion of the effects 
of unequal gear bearing reactions on gear performance 
and the maximum permissible differences between the 
gear bearing loadings. The gear manufacturer normally 
states the maximum difference permitted between the 
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loads on the slow-speed gear bearings. Reference 19 notes 
that no standard procedure has been established for the 
determination of the allowable difference between the 
slow-speed gear bearing reactions and outlines some of 
the complexities that must be taken into consideration. 
One possible complication is a nonparallel rise of the gear 
bearings due to temperature differences in way of the 
forward and after slow-speed gear bearings. 

The flexibility factor, which has also been less appropri- 
ately called the allowable setting error, is conveniently 
used as an index of shafting flexibility in way of the 
reduction gear. The flexibility factor, FF f is defined as the 
allowable difference in the static vertical gear bearing 
loads divided by the difference between the bearing reac- 
tion influence number of the forward slow-speed gear 
bearing^ on itself and the after slow-speed gear bearing 
on itself. Therefore, the flexibility factor is determined as 
follows: 

w “ j~zt ai ) 

1 U *22 

iff = allowable difference between the two slow- 
speed gear bearing static reactions, lb 
Ai = reaction influence number of forward slow- 
speed gear bearing on itself, Ib/in. 
h 2 — reaction influence number of aft slow-speed 
gear bearing on itself, Ib/in. 

The flexibility factor represents the total of the permis- 
sible error in estimating the thermal rise of the slow-speed 
gear bearings relative to the line shaft bearings and the 
permissible error in setting the gear to the line shafting 
without exceeding the maximum allowable difference in 
the static slow-speed gear bearing reactions. An absolute 
minimum acceptable value for the flexibility factor has 
been recognized to be 0.010 in. 

If the flexibility of the shafting meets the flexibility 
factor criterion, the analysis proceeds to an investigation 
of the gear-to-shaft alignment. Beginning with the line- 
in-line reactions, that is, the bearing reactions with all 
bearings concentric, the estimated thermal rise of the 
gear bearings relative to the line shaft bearings when 
going from the cold to the operating temperature is used 
to establish alignment data that will provide approxi- 
mately equal slow-speed gear bearing static reactions 
when in the operating condition. It must additionally be 
ascertained that the line shaft bearing reactions are satis- 
factory under all operating conditions. 

The installation of the shafting system is usually begun 
by positioning the line shafting on the theoretical shafting 
centerline (the line-in-line position), as established by con- 
struction reference marks on the hull s tructure. The bear- 
ings that support the outboard shafting are also installed 
relative to this theoretical reference line, but not necessar- 
ily concentric with it, as required to satisfy the results of 
the alignment analysis. One convenient method that has 
been used to align the line shafting requires the shafting 
sections to be supported on temporary bearings such that 
the centers of the flanges are concentric with the shaft 


centerline through the support points and the flange faces 
are perpendicular to that centerline; while this cannot be 
done with absolute precision, sufficient accuracy can gen- 
erally be obtained by supporting the shafting sections at 
approximately the % points from each end. When this is 
done, the flange drops and gaps are measured directly 
at the flanges with no corrections required. Drop is the 
vertical distance between the centers of adjacent flanges, 
and gap is the difference in opening between the top and 
bottom of the two flanges (nonparallelism of the flange 
faces). A correction usually must be made to the drop and 
gap measured at the stern tube Bhaft flange since it is 
impracticable to support the stern tube (or propeller) shaft 
such that the forward stern tube shaft flange is concentric 
and perpendicular to the theoretical shaft centerline, Con- 
sequently, the alignment of the stern tube shaft to the 
aftermost section of line shafting must include a correc- 
tion for the slope and deflection of the forward stern tube 
flange when the stern tube shaft is supported in the as- 
aligned condition. 

With the line shafting installed in the line-in-line condi- 
tion, the positions of the slow-speed gear bearings relative 
to the centerline of the line shaft bearings are readily 
determined from the drop and gap of the slow-speed gear 
shaft flange relative to the line shaft flange; this is de- 
rived geometrically, Based on these geometrical data, the 
bearing reaction influence numbers can be used to plot 
the bearing loads for various alignment conditions. Such 
a plot is shown in Fig. 9. Figure 9 is an informative means 
of illustrating the effects that the thermal rise of the 
slow-speed gear bearings and alignment errors have upon 
bearing loads. 

1 able 6 shows the cold alignment bearing reactions with 
an alignment corresponding to point A on Fig. 9. The 
hot reactions listed in Table 6 are the estimated bearing 
reactions after the gear has reached operating tempera- 
ture; this is point R on Fig. 9. 

The alignment of the athwartship direction should be 
such that no significant forces are imposed on the slow- 
speed gear bearings in the horizontal plana 
The initial bearing reactions are often measured with 
the shafting coupled-up in the line-in-line condition except 
for the outboard bearings and the slow-speed gear bear- 
ings, which are positioned in compliance wit h the theoreti- 
cal alignment calculations. The initially measured bearing 
reactions are then used to establish the bearing height 
changes that are required to optimize the bearing loads. 
After adjusting the bearing heights, the bearing reactions 
are measured again to confirm that the bearing reactions 
in the cold condition are within established criteria. As a 
subsequent confirmation, it may also be advantageous to 
measure the bearing reactions during dock trials or sea 
trials when the shafting system is in the hot operating 
condition. The methods used to measure bearing reactions 
are reviewed in Section 4.13. 

The bearing reaction influence numbers also provide a 
means to study the effects of circumstances such as bear- 
ing movements resulting from hull deflections, bearing 
weardown. and the like. An analysis of bearing reactions 
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with the stern tube and strut bearings worn down is given 
in Table 6. 

The procedures used to install and align shafting ar- 
rangements that contain reduction gears are outlined in 
reference 20. Reference 20 does not specifically refer to 
direct-drive diesel shafting arrangements; however, the 
same principles generally apply. 

b. Shaft alignment to a slow-speed diesel, The pro- 
cedure used to align propulsion shafting to a direct-drive 
diesel engine is basically the same as that used for the 
alignment to reduction gears; however, there are signifi- 
cant differences in the procedural details. The principal 
considerations are to ensure that the crankshaft stresses 
resulting from shafting loads are not excessive and to 
ensure that the shafting and engine bearing loads are 
within acceptable limits. 

The distance between the engine foundation and the 
crankshaft bearings is relatively small when compared 
with the height of the heated structure below a s low- 
speed gear shaft; consequently, the thermal rise of the 
crankshaft when going from the cold to the hot operating 
condition is similarly small and more accurately predict- 
able than is the thermal rise of reduction gear bearings. 
The engine manufacturer normally provides an estimate 
of the thermal rise of the engine crankshaft centerline 
resulting from the engine going from the cold to the hdt 
operating condition* 

The procedure begins by aligning the outboard shafting 
in accordance with the theoretical alignment calculations, 
installing the inboard shafting in the line-anddine position, 
and positioning the diesel engine to obtain engine bearing 
loads as determined by the shafting alignment calculation 
output With these initial alignment conditions and with 


the engine output flange and the shafting flanges made 
up, the line shaft bearing reactions should be measured, 
as well as the aftermost engine bearing reaction, if acces- 
sible, to establish the as-installed baseline* The as-in- 
stalled bearing reaction baseline is then used to establish 
any changes to the bearing heights that are required bo 
ensure satisfactory bearing loads. After adjusting the 
bearing heights, as predicated by the measured bearing 
reactions and the theoretical bearing influence numbers, 
the bearing reactions should be measured again to con- 
firm that the cold bearing reactions satisfy the established 
criteria* The bearing reactions may also be measured with 
the engine at the operating temperature if there is any 
reason for concern relative to the effects that reaching 
operating temperature may have on shaft alignment* 
Before operating the diesel engine, the stress variation 
in the crankshaft, as it rotates, should be measured with 
the shafting made up to the engine and the engine bolted 
down to its foundation. This can be accomplished by mea- 
suring the variation in the axial deflections of the crank- 
shaft throws as the crankshaft is rotated* Generally, the 
technical manual for the engine describes the procedure 
to be used to measure the throw deflections and estab- 
lishes the bounds for acceptable deflection readings. Ref- 
erence 21 outlines the basic process used when taking the 
crankshaft throw readings* If the crankshaft deflection 
measurements taken exceed the deflection limits estab- 
lished by the engine manufacturer, the underlying cause 
must be determined* Some of the factors that can influ- 
ence the amount of crankshaft deflection are; loads im- 
posed on the crankshaft by the shafting, engine casing 
distortion caused by foundation bolting loads, and improp- 
erly set or wiped crankshaft bearings* 
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When the shafting system bearing reactions are con- 
firmed to be satisfactory and the crankshaft throw axial 
deflections, and hence stresses, are found to be within 
acceptable limits, a satisfactory shafting alignment is as- 
sured* 

4.6 Propeller-fo-Shaft Interface* Design details of the 
propeller-to-shaft interface are a critical aspect of a shaft- 
ing system development. Propeller shaft failures in way 
of the propeller were not rare up through the 1%0's and 
into the 1970’s* However, the advances in design technol- 
ogy (e.g., stress relief grooves at the forward end of the 
propeller and the aft end of the liner, shortened and 
spooned keyways, slotted keys, and improved sealing 
methods) significantly improved the reliability of propel- 
ler shafts and increased their service lives. Also, improve- 
ments in inspection technology have provided the means 
to detect incipient cracks and thus have greatly reduced 
the loss of propellers at sea* 

Details of the propeller-to-shaft interface required for 
navai ships are specified by references 22 and 23. The 
naval type of propeller-to-shaft interface is consistent 
with merchant practice and both have comparable service 
histories* 

The propeller keyway introduces a stress concentration 
in the propeller shaft and weakens the shaft even though 
the keyway may have generous fillet radii and the for- 
ward end of the key may have slots to relieve the key load 
at the forward end* To avoid the stress concentrations 
associated with propeller keys and to minimize the vagar- 
ies associated with fitting the propeller on the shaft taper 
by brute-force hammering, propeller nuts have been de- 
veloped that incorporate annular pistons, which are moti- 
vated by hydraulic oil or grease. A “hydraulic 1 ' nut pro- 
vides the means to apply a large force of a known 
magnitude to the propeller, thereby pushing it onto the 
shaft taper such that the frictional force between the 
propeller and shaft is sufficiently large to transmit all 
torsional and thrust loads, and no propeller key is re- 
quired. The operating principles of a “hydraulic” nut are 
illustrated by Fig. 10* In effect, the device is seen to he a 
hydraulic ram that is built into the propeller nut* The tire. 


which is pressurized to about 15,000 psi, develops a large 
axial force under controlled conditions* A pneumatic-hy- 
draulic pressure intensifier is used to produce the high 
hydraulic-oil pressure. 

The first step in fitting a propeller to a shaft, with 
any procedure, Is to ensure that there is uniform contact 
between the propeller and shaft over 60% of the mating 
surface. The propeller is then pushed firmly up on the 
taper, and the hydraulic nut is put in place and used to 
advance the propeller a specified amount that is depen- 
dent upon the ambient temperature* The temperature cor- 
rection is required because of the difference in thermal 
expansion between the material of the propeller and that 
of the shaft. 

Keyless propeller designs rely entirely upon the friction 
between the propeller and shaft to withstand the propeller 
torsional and thrust loads, with the torsional loads gener- 
ally the larger* For a dry, greaseless, installation, the 
coefficient of friction between the propeller and shaft may 
vary from a low of 0.13 to a high of approximately 0.18, 
being influenced by factors such as the materials and the 
quality of the fit-up* However, the effective coefficient 
of friction has been found to be about 0*15* To provide 
adequate service margins, the frictional loads that can be 
transmitted must be 2.8 times the loads corresponding to 
ahead operations. Loads experienced during astern opera- 
tions are generally smaller than for ahead operations, but 
this should be confirmed to be the case. The amount of 
propeller advance required to achieve the desired fric- 
tional load-carrying capability is readily calculated and is 
used to establish propeller installation criteria* An assess- 
ment of keyless propellers for naval applications is re- 
ported in reference 24; also, the factors of safety provided 
by keyed and keyless propellers are compared* 

The hydraulic nut is also used to withdraw, or "jump,” 
the propeller from the propeller shaft, as indicated by 
Fig. 10* The hydraulic oil pressure required to remove 
the propeller is 30 to 50% of that required to Install the 
propeller, with the difference being the effect of shaft 
taper. The shaft taper used with keyless propellers ranges 



370 


MARINE ENGINEERING 


from 1:12 to 1 : 20, with lower tapers becoming more 
common. 

Some earlier hydraulic nut designs entailed the use of 
oil pressure to expand the propeller hub while it was 
forced onto the taper. By expanding the propeller hub, a 
reduced force was required of the hydraulic nut to ad- 
vance the propeller hub up the taper; and theoretically, 
an expanded propeller hub could be withdrawn without 
the use of a hydraulic nut Some earlier designs involved 
the use of cast-iron sleeves, which were installed between 
the shaft taper and propeller hub* However, as the design 
of hydraulic nuts has matured, these complexities of the 
earlier designs have been found to be unwarranted* 

4 J Cold Rolling. Rotating shafts that are subjected 
to bending stresses in way of shrunk-on or tightly fitting 
mating components can result in fretting corrosion. Fret- 
ting corrosion occurs where there are minute amounts 
of relative motion between two tightly fitting materials, 
which causes the surface material to tear, thereby intro- 
ducing a stress riser in the shaft, with the progressive 
ultimate consequence of a shaft failure. 

Fretting corrosion was first recognized as the cause of 
railway car axle failures where hubs were shrunk onto 
the the axles. Cold-rolling the axles in the shrink-fit area 
was accomplished to introduce compressive stresses m 
the shaft surface; these compressive stresses were found 
to alleviate the problems experienced with railway car 
axles. 

Conditions conducive to fretting corrosion also exist at 
the ends of sleeves and at the forward end of propeller 
hubs in marine shafting configurations; and the develop- 
ment of fretting fatigue cracks in the surface of the pro- 
peller shaft at the forward end of the propeller hub and 
under the after end of the propeller shaft sleeve, where 
bending stresses are normally the highest, is one of the 
most common modes of propeller shaft failure. The intro- 
duction of compressive stresses into a material by cold 
rolling the surface will not eliminate the occurrence of 
fatigue cracks that are caused by fretting corrosion; how- 
ever, the compressive stresses will retard the formation of 
minute cracks by fretting corrosion and will significantly 
reduce the propagation rate of cracks that form. When 
tested and applied to marine shafting systems, cold rolling 
also proved to be effective in extending the life of marine 
shafting systems [10]. 

Propeller shafts are commonly cold rolled for a distance 
forward and aft of the shaft taper, where the propeller 
hub mates, and in way of the ends of shaft liners. Residual 
compressive stresses are introduced into the shaft to a 
depth of about 0.5 in. The apparatus required to cold roll 
shafting and the procedure to be followed are described 
in reference 25. 9 

4.8 Protection from Seowqtei*. Except in the case of 
designs in which alt bearings are of the oil-lubricated type, 
outboard shafting is provided with sleeves that are shrunk 
on the shafting in way of bearings, stuffing boxes, and 
fairings. Shaft sleeves are made of bronze or other materi- 
als, which are resistant to attack by seawater. 

Ships having a single short section of outboard shafting 
may employ a single continuous sleeve. Where continuous 
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sleeves are not used and the steel shafting would other- 
wise be exposed to seawater, those areas of the steel shaft 
are normally protected by applying a rubber [26] or plastic 
[27] compound directly to the shafting surface. The ade- 
quacy of both rubber and plastic protective coverings for 
outboard shafting has not been uniformly good, and on 
occasion the protection offered to outboard couplings by 
such coverings has been particularly unsatisfactory". In 
applying these shaft coverings, good quality control and 
proper practices are essential for good results. Shaft 
cleanliness (bright clean steel) at covering installation is 
essential for the covering to bond properly, and bonding 
can be further improved by grit blasting the shaft to 
roughen its surface. Rotating coupling covers (fairwa- 
ters), which clamp onto and rotate with the shaft, thereby 
eliminating the violent erosive flow of water around cou- 
pling bolts, have been used to avoid the erosive effect of 
the water. 

A reliable static sealing arrangement at the propeller, 
which prevents seawater from contacting the propeller 
shaft, is of the utmost importance. A propeller-shaft as- 
sembly in which seawater is allowed to contact the shaft 
will result in the shaft not having an endurance limit, and 
therefore, it is only a matter of cycle accumulation before 
a failure occurs. Typical designs of propeller-hub sealing 
arrangements, which are necessary with systems utilizing 
water-lubricated outboard bearings, are contained in ref- 
erences 15 and 23. 

4.9 Shaft Couplings, Except in instances where spe- 
cial considerations preclude their use, shafting sections 
are connected by means of integrally forged couplings as 
illustrated by Fig. 11. Although the design of virtually all 
integral shaft couplings is similar, the details of shaft 
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coupling designs vary* For example, despite individual 
preferences, no specific number of coupling bolts has been 
established as optimum, and the proportions of flange 
dimensions and flange fillet radii may vary from one de- 
sign to the next 

The headed bolt design shown by the upper half of 
Fig* 11 is commonly used to connect shaft sections. The 
diameter of the bolt is given a taper of about l / g in. per 
foot and the mated bolt holes are reamed at assembly to 
ensure a metabto-metal fit The headless bolt illustrated 
by the lower half of Fig. 11 is an alternate design. The 
taper of headless bolts is increased to about % in, per foot 
for bolt diameters less than 3 in. and 1 in. per foot for 
larger bolts to provide an additional capability to transmit 
axial loads. The spot-faced surfaces on the coupling 
flanges, on which the coupling nuts land, must be perpen- 
dicular to the axes of the coupling bolts; otherwise, galling 
can occur at local areas of hard contact 

Guidelines for the design of flange couplings for mer- 
chant vessels are given in classification society rules such 
as reference 15; similar guidelines for naval vessels are 
given in references 7 and 22. An effort to standardize the 
design of shafting couplings was made in reference 28. 
The standardization effort never gained a significant level 
of support for a number of reasons, one being the strong 
incentive to optimize any design for that specific applica- 
tion; however, the data given in reference 28, are useful 
for preliminaiy design purposes. 

Flange coupling bolts, such as illustrated by Pig. 11 
are commonly installed by hammering custom-designed 
wrenches until the installing mechanic is satisfied with 
the “ring" of the hammer. Extensive experience confirms 
that satisfactory service can be obtained using this proce- 
dure; although it entails the disadvantages of having to 
rely upon the experience of the mechanic, subjects the 
bolt mating surfaces to damage, and possesses no means 
of confirming the amount of preload achieved. 

Figure 12 is an illustration of a hydraulically preloaded 
bolt that may be appropriate for use in some cases to 
avoid bolt mating-surface damage when the connection is 
broken and to provide a means of confirming the amount 
of bolt preload achieved* With this type of bolt, a hydraulic 
pressure of about 25,000 psi is used to elongate the bolt, 
with a simultaneous known decrease in bolt diameter. A 
hydraulic shutoff valve maintains the bolt in the elongated 
condition until it is in place. After installation, the hydrau- 
lic power head is removed, and a depth gage is used to 
measure the length of the hole in the bolt and, conse- 
quently, the preload achieved in the installed bolt. The 
bolts are easily removed by reversing the process. There 
are numerous appropriate applications for bolts of this 
type. 

Couplings with removable flanges are required in some 
instances; for example, those eases where a liner (that is 
not designed as halves which are welded in place) is to be 
installed on a shaft that requires a bolted flange on each 
end. Figure 13 illustrates a typical removable-flange cou- 
pling and shows the means provided to transmit both 
thrust and torque. Both torque and thrust are normally 
transmitted by friction between the shrunk-on muff and 
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the shaft. The keys are a backup for the transmission of 
torque, and the split collar is a backup for the transmission 
of thrust. 

Removable shaft couplings have also been used that 
are mounted in place by hydraulic pressure to both expand 
the coupling hub and advance the hub up a tapered liner, 
which is installed on the shaft. Torque and thrust are 
transmitted between the coupling hub and shaft solely by 
friction. 

Some shafting arrangements are designed such that it 
is necessary to remove the forward flange of a stern tu be 
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shaft in order to withdraw the shaft aft; this is undesirable 
when particular types of coupling designs are used be- 
cause it is difficult to remove the flange without, damag- 
ing the flange-shaft interface. An arrangement some- 
times preferred is one in which the outside diameters of 
the stern tube bearing bushings are made sufficiently 
large so that they can be removed to permit the stern tube 
shaft to be withdrawn aft with the forward flange in 
place. Figure 24 illustrates a strut bearing with a remov- 
able bushing that permits the shaft to be withdrawn with 
the forward flange in place, 

4 JO Shaft Axial Movement*, The axial movement of 
the shafting relative to elements that are fixed to the 
hull must be considered to establish proper clearances 
between the propeller hub and stern frame structure and 
between bearing housings and rotating elements within 
the bearings that are secured to the shaft (oil slingers, oil 
disks, etc,). Several factors can contribute to the move- 
ment of the shaft relative to hull structure; these are; 

1. Thrust bearing clearances. Axial clearances between 
the thrust collar and shoes permit a corresponding fore- 
and-aft movement of the entire shafting system. 

2. Propeller thrust. The propeller thrust results in a 
small axial deflection of the shafting and thrust bearing, 

3. Submergence pressure. For surface ships the sub- 
mergence pressure is a minor consideration; however, for 
submarines the effects of the submergence pressure, both 
in terms of shaft axial loading and hull compression, are 
important. 

4. Hull hogging and sagging, Hull bending loads strain 
the hull; however, the shafting is not similarly affected. 
This factor is conveniently assessed by assuming an ex- 
treme-fiber hull bending stress and the location of the 
neutral axis of the hull in bending; the stress, and corres- 
ponding hull strain, at the shaft centerline is then deter- 
mined by interpolation, 

5. Temperature differences. The shafting can be at a 
warmer temperature {70-S0 F) relative to that of the hull 
structure (in the vicinity of 30 F), and the difference in 
thermal expansion results in relative movement. 

The foregoing factors would generally not reach maxi- 
mum values simultaneously, but they are prudently con- 
sidered to do so. Typical axial movements of the propeller 
(the point at which movement is a maximum) relative to 
the hull range from 0,5 in,, for tankers with very short 
shafts, to 2 in., for ships with long shafts, 

4.1 1 Shafting Balance, Solid shafting is inherently 
balanced, but hollow shafting requires attention in this 
regard. The balance of hollow shafting is accomplished 
during the machining operation by shifting lathe centers 
prior to the final machining cuts. The amount of statjc 
unbalance in a shaft can be determined by either a static 
or dynamic balancing technique. 

After the rough machining cuts have been made, a 
shafting section can be statically balanced by removing 
the shaft section from the lathe, placing it. on rails, noting 
the equilibrium position of the shaft section, shifting the 
lathe centers to compensate for the unbalance, and then 
taking additional machining cuts on the shaft section to 


effect a static balance. Good practice dictates that adjoin- 
ing shafting sections be installed such that the residual 
static unbalances, as determined by a check on the rails 
after final machining, tend to offset. 

Although shafting sections have occasionally been spec- 
ified to be dynamically balanced (shaft sections rotated in 
a balancing machine to determine both static and dynamic 
unbalance), there are conflicting schools of thought re- 
garding the necessity of a dynamic balance. The need for 
dynamic balancing is influenced by the maximum rotating 
speed of the Rafting. It has been argued that the toler- 
ances customarily imposed on the manufacture of shaft- 
ing sections in conjunction with good shop practice pre- 
clude objectionable shafting dynamic unbalance, 

4J2 Shafting Eccentricity, Propulsion shafting can 
become eccentric for a number of reasons, with accidents 
being the most common, particularly those while under- 
way that involve the propeller. Shafting eccentricity, it- 
self, is not df practical significance provided that neither 
the shaft balance nor the bearing reactions are adversely 
affected, and provided that the balance of masses, such 
as a propeller, attached to the shafting is not adversely 
affected. The eccentricity of shafting sections can be mea- 
sured before the shafting is installed, and variations in 
bearing reactions resulting from shaft eccentricity can be 
determined by an alignment check. 

In general, shaft eccentricity of an objectionable magni- 
tude cannot be corrected by machining without reducing 
the shaft diameter below acceptable dimensions; there- 
fore, an eccentric shaft must be straightened to be usable. 
Three methods have been used to straighten propulsion 
shafting: peening, flame heating (hot-spot method), and 
selective cold rolling. Peening involves hammering a local 
linear shaft surface area on the inside of the eccentric 
bend sufficiently hard to exceed the yield strength of the 
shaft material and thereby introduce residual compres- 
sive stresses in the peened area. Peening is more effective 
on smaller shafts. The mechanics of peening entails many 
vagaries; however, peening can often be done with the 
shaft installed. 

With the flame heating or hot spotting method, a nar- 
row linear shaft surface area on the outside of the eccen- 
tric bend is heated. As the local surface area heats, the 
metal expands and the metal yield point decreases. The 
objective is to heat a local area such that the restraint of 
the cooler surrounding metal causes the metal in the 
heated area to exceed the material yield strength at the 
elevated temperature; consequently, when cooled, resid- 
ual tensile stresses are introduced in the shaft. Flame 
heating requires experience to accomplish satisfactorily 
as there is a risk of adversely affecting the metallurgy of 
the material; however, flame heating can often be accom- 
plished in place. 

The selective cold rolling method is the most controlled 
and reliable means of straightening shaft sections; how- 
ever, the cold rolling procedure generally requires the 
shaft section to be placed in a lathe. Selective cold rolling 
is accomplished by cold rolling the entire shaft circumfer- 
ence in way of the bend, but with a much heavier imposed 
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Fig. 1 4 Hydraulic jock method for meosurirtg bearing reactions 


load on the inside of the bend. Higher residual compres- 
sive stresses are, therefore, introduced on the inside of 
the bend, which tend to straighten the shaft 
A more detailed discussion concerning the equipment 
and process techniques involved with the flame heating 
and selective cold-roiling methods of straightening shaft- 
ing is included in reference 29. 

4J3 Determination of Shaft Alignment. There are ba- 
sically three ways that the alignment of a completely in- 
stalled shafting system can be checked. One, which is 
akin to the drop-and-gap method of alignment at initial 
installation, is to remove the bolts from select couplings 
and compare the relative positions of mating flanges with 
calculated values. Although the circumstances sometimes 
require this method to be used, it is the least preferred 
method because of the numerous opportunities for erratic 
readings. A second method, which is both easier to accom- 
plish and more directly meaningful, is to measure the 
loads being carried by the bearings with either a cali- 
brated hydraulic jack or a hydraulic jack in conjunction 
with a load cell. The hydraulic jack is used to lift the shaft 
off of a bearing, and the load carried by the jack is then 
related to the bearing reaction. A third method is to install 
strain gages on the shafting at strategic positions and 
determine the bearing reactions by utilizing the measured 
strain (shaft moments) to make the shafting a determinate 
system. A general review of the alternative shaft align- 
ment procedures used by American shipyards was con- 
ducted by SNAME Technical and Research Panel M-16 
and reported by reference 30. 

a* Hydraulic jack method. When using the cali- 
brated hydraulic jack or hydraulic jack and a load cell 
method, the actual bearing load is determined by placing 
a hydraul ic jack as close to the bearing housing as possible 
(bearing foundations are often designed with an extension 
to provide a jack foundation as illustrated by Fig, 14). A 
dial indicator is located on the shaft immediately above 
the jack so as to measure vertical movement of the shaft 
Where possible, the anchor point for the dial indicator 



Fig. 15 Bearing reaction determined by hydraulic jack 


should be independent of the bearing housing because the 
shifting loads on the bearing foundation can cause the 
bearing housing to tilt, which would introduce confusing 
readings. Before recording any readings, the position of 
the shaft in the bearing clearance should be checked to 
ensure that the shaft is in the bottom of the bearing and 
is centered ath warts hip. The shaft should be lifted at least 
once to ensure that it can be lifted 20 to 30 mils without 
coming into contact with the upper half of the bearing; 
this preliminary jacking also tends to reduce hysteresis in 
the shaft and erratic readings. For short shaft spans, a 
dial indicator should also be installed on the shaft at adja- 
cent bearings so that any rise of the shaft at these bear- 
ings can be noted, because in stiff shafting arrangements 
it is possible to also lift the shaft off a bearing adjacent 
to the one being measured. 

With the dial indicators and jack in place, the shaft is 
raised and lowered in increments, noting the jack load 
corresponding to each Increment of shaft rise. These data 
are plotted as shown in Fig. 15. The data points conform 
to two basic slopes. The slope of the lift-versus-load line 
as the load is transferred to the jack from the bearing 
represents the spring constant of the bearing shell, bear- 
ing housing, and the like. When the shaft lifts clear of the 
bearing, an abrupt change in the slope of the data points 
occurs. The second slope corresponds to the hearing reac- 
tion influence number for the bearing. 

Due to the friction in the shafting and load-measuring 
system, the data points when raising the shaft do not 
coincide with those obtained when lowering the shaft; the 
characteristic pattern is the equivalent of a hysteresis 
loop. The deflection-versus-load plot indicates a higher 
jack load for a given shaft lift when raising the shaft than 
when lowering it. When using a calibrated hydraulic jack, 
the hysteresis in the load versus shaft-deflection relation- 
ship tends to be larger than when a load cell is used. This 
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is caused by the friction in the hydraulic jack (primarily 
seals). Load cells are located such that they are subject to 
the force developed by the jack and can provide a direct 
readout in pounds with an accuracy of 0.5%, Calibrated 
hydraulic jacks are inherently less accurate than load 
cells; however, their accuracy is adequate for most pur- 
poses. 

Experience indicates that the true relationship between 
the jack load and shaft lift is approximately midway be- 
tween the lines determined when raising and lowering the 
shaft as indicated by Fig. 15. However, in cases where 
the increasing and decreasing load lines are significantly 
different, the increasing load line should be favored. With 
an effective mean line established that represents the true 
relationship between the measured load and shaft lift* the 
load that would be on the jack at zero shaft lift and with 
the bearing removed is determined by extrapolating the 
mean line downward to zero shaft lift. If the jack and 
bearing are close together, the load as determined may 
also be considered to be the load on the bearing if the jack 
were removed (or the bearing load being sought). 

Under favorable jacking conditions (with no binding of 
the shaft in the bearing due to athwartship misalignment, 
interference with stuffing boxes, etc,), experience shows 
that the accuracy of the bearing reactions determined 
is usually within 10% of the actual value. However, the 
influence numbers obtained by jacking may not be as 
accurate. When the bearings being jacked are located to- 
wards the middle of the shaft and span lengths are fairly 
equal, jack influence numbers are generally within 30% 
of the calculated influence numbers. For bearings located 
near the ends of the shaft, the influence numbers obtained 
by jacking may disagree with the calculated values by 
50% or more. 

Both the load and influence number errors are due to 
inaccuracies that are inherent in the jacking procedure; 
e.g., the jack not being located at the bearing center, the 
load center in adjacent bearings shifting as the shaft is 
raised, and hysteresis in the shafting system and load- 
measuring system. Consequently, when a bearing is to be 
realigned, the distance that the bearing should be raised 
or lowered is more appropriately based on the calculated 
influence numbers rather than on the influence numbers 
determined by jacking. 

When jacking bearings that are very close together or 
in cases where the jack must be located some distance 
from the bearing, a correction factor must be applied to 
the jack load measured to obtain an accurate assessment 
of the bearing reactions. The correction factor is as 
follows: 

C = t* (IS) 

*jb 

where hb is the influence of bearing on bearing and I jb 
the influence of the jack on the bearing. The influence 
numbers used to calculate the correction factor are deter- 
mined by including both the jack and the bearing being 
jacked as support points in the shafting system calcula- 
tions. To be theoretically accurate, this correction factor 


should be used for every bearing that is jacked; however, 
only in the aforementioned two cases is it a factor of 
significance. 

Table 6 contains a tabulation of the measured bearing 
reactions for the shafting system in Fig. I and illustrates 
typical jacking results. The oil in the reduction gear was 
heated to operating temperature and circulated; there- 
fore, the measured reactions should be correlated with 
the hot reactions. 

The hydraulic jack procedure can also be used to detect 
bent shafts ill that the bearing reactions can be deter- 
mined with the shaft rotated in 90-deg increments. If the 
bearing reaction changes significantly with shaft position, 
a bent shaft can be suspected. This technique is often 
appropriately used when analyzing a shaft that is sus- 
pected of being bent. However, the uniform tightness of 
flange coupling bolts should be confirmed before conclud- 
ing that a section of shafting is bent. 

b. Strain-gage method. The alignment of an in- 
stalled and complete shafting system can also be deter- 
mined by measuring the strain in the shaft at strategic 
positions, A shafting system with /V bearing supports is 
N- 2 degrees statically indeterminate, and N-2 additional 
data points are required to determine the shaft alignment. 
Referring to the shafting arrangement illustrated by Fig. 
2, which has 7 bearings, an additional 5 data points must 
be known for the shafting alignment to be determinate. 
By installing strain gages at the break points indicated 
on the free- body diagram of Fig. 1 6, the moments in the 
shafting at these points can be measured, and the mo- 
ments measured can be used to calculate the bearing reac- 
tions. The equations that can be used to relate the bearing 
reactions to the measured bending moments are outlined 
in Table 8. 

In Fig. 16 there is a free section, which does not contain 
a shaft bearing. This section is inherently determinate and 
the unknown shear forces can be calculated. A free section 
can be used between any two bearings to act as the start- 
ing point in either direction for the determination of the 
shaft bearing reactions. When the free section is located 
adjacent to a two- bearing stern tube arrangement such 
as Fig. 16, a value for the unknown shear is established 
and only the two bearing reactions are unknown. This 
permits the determination of both bearing reactions, and 
establishes a known shear force on the forward end of 
the free section, which permits the remaining bearing 
reactions in the shafting system to be quantified. 

If the propeller shaft in Fig, 16 had only one bearing 
support, i.e,, if bearing 6 were not there, the free section 
would not be necessary because, with the knowledge of 
the aftermost free-body shaft section is determinate 
and the aftermost bearing reaction and the shear force at 
e can be determined. 

Three bearings with inaccessible connecting shafting 
(e.g. t a double stern tube and strut bearing arrangement, 
or the shafting arrangement shown by Fig. 1 with a sec- 
ond stern tube bearing added) cannot be analyzed using 
the strain gage method alone. For a double stern tube/ 
strut bearing configuration, bearing reactions forward of 
a free section can be determined since the free section 
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Fig. 16 Free-body diagram of shaftmg arrangement 
shown by Fig. 2 for the determination of 
bearing reactions using strain-gage mea- 
surements 


prorides the needed shear force at its forward end. How- 
ever, to determine the values of the three aftermost bear- 
ing reactions, one of the bearings, such as the forward 
stem tube bearing, would have to be weighed. By knowing 
the load on the forward stern tube bearing and by includ- 
ing a free section of shafting in the free-body diagram, 
the outboard shaft section becomes determinate since 
only the strut bearing and aft stern tube bearing reactions 
are unknowns. 

Once the free-body sections are established for a given 
shafting arrangement, which defines the strain-gage loca- 
tions, the equations for determining the bearing reactions 
are obtained by setting £M and equal to zero for each 
free-body section. When the specific geometry for a shaft 
system is incorporated into the equations, the integrals 
reduce to constants with the only variables being the bear- 
ing reactions, the moments to be measured, and shear 
forces at the locations. 

Details concerning the strain-gage method of shafting 
alignment are contained in references 31 and 32. Refer- 
ence 32 outlines a procedure that can be used to optimize 


the location of strain gages on a given shaft system and 
to estimate maximum errors in the resuiting bearing reac- 
tions. 

Advantages associated with the strain-gage method of 
determining shaft alignment are as follows: 

• Both horizontal and vertical alignment can be 
checked simultaneously. 

• Strain-gage readings can be taken at sea because of 
the ease with which the reading can be obtained, and 
there is no need for jack or dial indicator support 
structure. 

■ Once the gages are installed, a complete set of strain 
readings can generally be taken in less than an hour. 

• Reactions of bearings that are inaccessible for jack- 
ing can be determined accurately. 

As noted by reference 32, the last two items are the 
most important advantages associated with the strain- 
gage method. However, the strain-gage method requires 
more calculations to interpret the test data and requires 
a more complex measurement technique. 


Section 5 
Bearings 


5.1 Introduction. Main propulsion shafting is sup- 
ported by bearings that maintain the shafting in proper 
alignment. These propulsion shaft bearings are naturally 
divided into two groups: bearings inside the watertight 
boundary of the hull and bearings outside the hull water- 
tight boundary. 

The requirements imposed upon the design of propul- 
sion shaft bearings are extremely severe. The bearings 
are required to operate at speeds ranging from about 0.1 
rpm, when on the jacking gear, to 100 or more rpm in 
either direction of rotation. And, unlike some applications, 
the bearing loads do not vary with rpm but are essentially 
constant at all speeds. Reliability is heavily emphasized in 
the design of bearings because there is no redundancy for 


bearings, and a single bearing failure can incapacitate the 
propulsion system. 

In addition to the radial bearings that support the shaft- 
ing, a main thrust bearing is located inside the ship and 
transmits the propeller thrust from the shafting to the 
huil structure. Figures 1 and 2 show the two typical main 
thrust bearing locations. Figure 1 indicates that the thrust 
bearing is located such that the thrust collar is on the 
forward end of the reduction gear slow-speed shaft. In 
this arrangement, the thrust collar is necessarily remov- 
able, which may be advantageous if the thrust collar is 
damaged. However, the thrust bearing foundation stiff- 
ness that can be achieved with this arrangement is limited 
because the continuity of the supporting structure is inter- 
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Table 8 Equations for calculation of bearing reactions for free-body diagram shown by Fig. 1 6 

Reduction gear section 
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rupted by the reduction gear on the after side and the 
main condenser, which is located on the forward side of 
the thrust bearing. 

The thrust bearing for the shafting arrangement shown 
in Fig. 2 is located aft of t he redu ction gear, and there is 
an independent thrust shaft This arrangement has the 
potential of providing a more stiff thrust bearing founda- 
tion than when the thrust bearing is integrated with the 
reduction gear. Where the thrust bearing is independent 
of the reduction gear, with its own thrust shaft, a line 
shaft bearing is commonly integrated with the thrust 
bearing housing. If the thrust shaft is located some dis- 
tance aft of the reduction gear, an independent thrust 
bearing oil system may be required. 

5.2 Main Thrust Bearings. In general, the normal 
practice for propulsion main thrust bearings is to use 
thrust bearings with tilting pads where the individual 
shoes are free to pivot as the oil film dictates. There are 
two basic designs of tilting-pad thrust bearings, the 
Kingsbury and Miehell types. The Michell bearing pads 
pivot on a radial line across the thrust pad, whereas the 
Kingsbury type pivots on a radiused button support. The 
Kingsbury type of main thrust bearing normally has the 
thrust pads supported on leveling links to distribute the 
thrust load equally to all the thrust pads; this is referred 
to as a self -equalizing type of thrust bearing. The Michell 
marine thrust bearings, which are used primarily in Eu- 
rope and Japan, are normally built with the thrust pads 
supported directly in the thrust bearing housing without 
the use of leveling links. Theoretically, the self -equalizing 
type of bearing can carry more load than a non-seJf-equal- 
izing bearing since the individual thrust-pad loads are not 
affected by the machining accuracy of the thrust bearing 
parts, or by the deflection of the thrust bearing housing 
and foundation under load. Figure 17 is a photograph of 
the base ring, leveling links, and thrust shoes of an 8-pad 
self-equalizing Kingsbury type main thrust bearing with 
two thrust pads removed, figure 18 is a section through 
a main thrust bearing, and shows how the thrust-pad ele- 
ments pictured in Fig. 17 are arranged in the thrust hous- 
ing to carry the thrust load. Figure 19, w r hich is a devel- 
oped view of the thrust pads and leveling links, shows 
how the leveling links distribute the load equally among 
the thrust pads. 

U.S. Navy practice is to apply self-equalizing main 
thrust bearings at unit loads up to a maximum of 500 psi, 
allowing higher unit loads to occur in transient conditions 
such as ship turns. The commercial-ship practice with self- 
equalizmg bearings is more conservative than Navy prac- 
tice, with a limit to the full-power thrust unit load of 
about 400 psi. Standard 6-pad self-equalizing main thrust 
bearings are normally designed such that the load-car- 
rying area is equal to one half of the square of the outside 
diameter of the thrust pads. 

Main thrust bearings can be made with any number of 
thrust pads. A larger number of thrust pads can, in some 
cases, facilitate the use of a smaller bearing outside diam- 
eter, The optimum thrust pad geometry from a hydrody- 
namic perspective is one with the mean circumferential 
pad length equal to the pad radial length. With a normal 



Fig, 17 Seif-equalizing main thrust bearing 


thrust bearing configuration, an 8-pad thrust bearing is 
the preferred selection to satisfy this condition. Main 
thrust bearings are generally designed withJS pads. 

The thrust bearing housing and foundation deflection 
under maximum load must be established before the maxi- 
mum design unit load is set for non-equalizing bearings; 
normal practice limits the average maximum loading for 
these bearings to about 300 psi. 

For naval ships, shock loadings must be considered 
when evaluating the thrust bearing strength and maxi- 
mum thrust-pad loads. Because of the rigid design of 
thrust bearing housings and foundations and the capacity 
of thrust pads to take large transient loads, shock load- 
ings do not normally control the thrust bearing design. 

Thrust-pad support disks can be replaced by load-mea- 
suring cells in a Kingsbury- type thrust bearing to mea- 
sure the load on the thrust bearing. Thrust measurements 
permit verification of the thrust calculations and monitor- 
ing of the propulsion system performance. The necessary 
number and location of the load cells depend on the appli- 
cation; however, because of the leveling-link concept, load 
cells are not required under all pads. 

Thrust-pad operating temperatures can be monitored 
by having a thermocouple or a resistance temperature 
detector embedded into the babbitt of the thrust pads. 
This is the most common practice of monitoring bearing 
performance and operating limits. 

Vibration reducer Thrust bearings and the thrust 
bearing foundations are designed to be stiff to limit the 
longitudinal deflection and stress resulting from the 
steady and alternating thrust A longitudinal vibration 
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resonance is intolerable in the upper propeller rpm range. 
One means of avoiding objectionable longitudinal vibra- 
tion is to modify the main thrust bearing to incorporate a 
"vibration reducer/' which reduces the longitudinal stiff- 
ness of the thrust bearing without increasing the thrust 
bearing and foundation deflections, and adds dampening 
to the shafting system. The increased flexibility in the 
shafting system shifts the resonant frequency downward, 
thereby reducing the alternating forces and amplitudes 
of vibration. 

To accommodate a vibration reducer arrangement, the 
thrust bearing leveling links are removed, and each thrust 
pad is supported on a piston, as illustrated by Fig. 20. The 
pistons are connected to an oil manifold in the thrust 
bearing, which in turn is connected to oil flasks external 
to the thrust bearing, A hydraulic valve, which is con- 
trolled by the position of the thrust collar, adds or removes 
oil from the system to maintain the thrust collar in the 
central operating position within the thrust housing. The 
thrust-collar positioning system must have a source of 
oil at a pressure greater than the maximum operating 
pressure. The maximum operating pressure is equal to 



fig, 20 Vitro I ion reducer modification of thrust bearing 


the maximum thrust divided by the sum of the thrust-pad 
piston areas- Figure 21 is a diagram of a vibration reducer 
system. 

Reference 33 includes a discussion of the parameters 
and approach used to design a vibration reducer system, 
The reduced thrust bearing spring constant is achieved 
through the bulk modulus of the oil in the flasks that 
support the thrust pads . The effects of a vibration reducer 
are discussed further in Section S, 

5.3 Line Shaft Bearings. Bearings located inside the 
ship's watertight boundary are called line shaft bearings, 
although they are sometimes referred to as steady or 
spring bearings. Almost without exception, these bear- 
ings are ruggedly constructed, conservatively designed, 
babbitt lined, and oil lubricated. Except in special cases, 
the bearings are self-lubricated by rings or disks arranged 
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Fig. 21 Schematic of a thrust bearing vibration reducer system 

in such a manner that lubrication is effected by the rota- 
tion of the shaft Roller bearings have been used in the 
smaller shaft sizes, but the advantages of lighter weight 
and lower friction have in general not been sufficient to 
offset the higher reliability and lower maintenance costs 
of the babbitt-lined type. 

Line shaft bearing housings are made of steel castings 
or fabricated of steel plates wielded together. Completely 
satisfactory bearing housings are obtained by either 
method, and manufacturing costs govern the construction 
method used. Since rigidity is of more concern than 
strength, low-carbon steel is used as the material for bear- 
ing housings with the exception of bearings for naval 
combatant vessels, in which case high-impact shock re- 
quirements may necessitate the use of high-strength 
steel. Bearing housings are split horizontally at the shaft 
centerline. The bottom half of the bearing must be very 
ruggedly designed since it carries the vertical shaft load 
and any side load that occurs , 

The bearing housing supports a heavy steel removable 
shell, which is lined with babbitt The shaft rests on the 
babbitted surface. The bearing shell can be made with a 
self-aligning feature by providing a spherical or crowned 
seat at the interface between the bearing shell and hous- 
ing. This allows the axis of the bearing shell to align 
exactly with that of the shaft. Figure 22 is a section 
through a bearing with a self-aligning feature, and Fig. 23 
is a section through a bearing that is similar but without a 
self-aligning capability. The general construction of bear- 
ing housings and shells can be observed from Figs. 22 and 
23. Design and maintenance criteria for bearings in naval 
service are provided by reference 34. 

Except, for the aftermost line shaft bearings in mer- 
chant applications, it is general practice to babbitt only 


the bottom half of the bearings since these bearings would 
never be expected to be loaded in the top. However, the 
aftermost bearing (the one closest to the stern tube) may 
become unloaded particularly when the stern tube and 
propeller bearings are water lubricated. Water-lubricated 
bearings are subject to a large amount of wear, which 
can result in severe misalignment. It is considered good 
practice to provide the maximum practicable amount of 
babbitt in the top half of the aftermost line shaft bearings 
when water-lubricated stern tube bearings are used. With 
oil-lubricated stem tube bearings, the probability of the 
after bearing becoming unloaded is considerably reduced. 
In naval practice, the top halves of line shaft bearing 
shells are babbitted to accommodate upward bearing 
loads during shock conditions. 

Babbitt that is centrifugally cast onto the bearing shell 
is considered preferable to that which is statically poured. 
The former technique dependably provides a more secure 
bond between the babbitt and the bearing shell. 

Babbitt can be of either the lead- or tin-base type. Tin- 
base babbitt has greater strength and is generally pre- 
ferred for shaft bearings; it is specified almost exclusively 
for centrifugally cast bearings, Lead-base babbitt is pre- 
ferred where embedding, conforming, and anti-friction 
are primary considerations. Lead-base babbitt has a lower 
yield point and a slightly better fatigue resistance'. 

The oil reservoir that is provided within the line shaft 
bearing housing must be sized to operate during extreme 
roll and pitch conditions without leaking oil by the shaft 
or disabling the bearing lubrication system. Furthermore, 
the oil quantity and sump surface area must be sufficient 
to dissipate the heat generated. Line shaft bearings are 
sometimes designed with cooling coils located in the 
sumps as shown in Fig. 23; however, experience has 
shown that the cooling coils are rarely, if ever, needed. 

Line shaft bearings may be lubricated by means of oil 
rings, an oil disk, or by a supply of oil under pressure. 
Ring oil-lubricated bearings contain two or three metal 
rings with diameters of 1.25 to 1.5 times that of the shaft 
(the ratio decreases with larger shaft diameters). The 
number of rings in a bearing should be selected such that 
no ring is required to distribute oil for an axial distance 
greater than 7 in. on either side of the ring. The rings rest 
on top of the shaft and dip into an oil reservoir located 
beneath the bearing shell. Figure 23 is an example of a 
ring-lubricated bearing. As the shaft turns, the rings are 
rotated by the frictional contact with the top of the shaft. 
Oil that adheres to the ring in way of the oil reservoir is 
carried up to the top of the shaft where a part of the oil 
is transferred to the shaft and is subsequently carried 
into the contact region of the bearing. Ring-lubricated 
bearings have proved to be capable of accommodating 
large angles of list and trim and have proved to be reliable 
in service with design bearing unit loads of 50 psi. With 
regard to the possible adverse effects of trim, tests have 
demonstrated that ring-lubricated bearings can accommo- 
date angles of approximately 10 deg from the horizontal 
with no sacrifice in performance. Reference 35 includes 
an evaluation of the performance of oil rings based on 
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laboratory tests and notes, among other things, the sensi- 
tivity of the quantity of oil delivered to the oil viscosity - 
Disk-lubricated bearings use a metal disk that is 
clamped to the shaft at one end of the bearing shell. The 
disk may have a flange as illustrated by Fig, 22- As the 
shaft turns, the lower portion of the disk, which is im- 


mersed in an oil reservoir, is coated with oil. This oil is 
carried to the top where a metal bar scrapes the oil from 
the disk and guides it into passages where it is admitted 
to the top of the shaft and then into the contact region 
of the bearing- When disk-lubricated bearings were first 
introduced* they were designed with a unit pressure that 
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was about the same as for a ring-lubricated bearing; how- 
ever* as experience has been gained with disk-lubricated 
bearings* the design unit pressure specified for them has 
continually been increased to a value of about 100 psi. 

The results of tests conducted w r ith two sizes of disk- 
scraper lubrication arrangements (22 and 37 in, diameter)* 
which are representative of those used in line shaft bear- 
ings* are presented in reference 36- During the tests an 
emphasis was placed on obtaining oil-flow data at low 
shaft speeds. In the lower rpm range (below 35 rpm for 
the larger disk), the oil flow varied as the 1.5 power of the 
disk surface velocity, the 0-5 power of the oil viscosity* 
and directly with the axial width of the disk- At higher 
shaft speeds* oil was centrifugally thrown from the disk* 
and the oil delivery became essentially independent of 
shaft speed. 

In special cases, line shaft bearings may be lubricated 
with oil supplied by a pump. If the shafting system is very 
long, and the main engine lubricating oil pump is used to 
supply the oil, sump pumps would be required to return 
the oil from the bearings since a gravity drain would not 
be possible under all conditions of trim and pitch. Another 
alternative is for each line shaft bearing to have an inde- 
pendent closed lubricating system. While this method of 
lubrication assures an adequate supply of oil at all shaft 
speeds, and can result in smaller bearing sizes, it has the 
disadvantages of the extra pumps and added complexity. 

The load that can be sup po rted by a babbitted journal 
bearing is dependent upon the method of lubrication* the 
bearing configuration* the bearing length to diameter (L/ 
D) ratio* and of course the installation workmanship. In 
the early designs, babbitted journal bearings had L/D 
ratios as large as 2* and even with such high L/D ratios* 
the shafting systems had very closely spaced bearings 
such that the bearing loads were very sensitive to align- 
ment- The use of higher bearing pressures, in conjunction 
with the advent of more sophisticated techniques for the 
alignment of bearings, has resulted in more reliable shaft- 
ing systems by affording more favorable bearing L/D 
ratios and more flexible shafting systems. Bearing L/ 
D ratios are normally limited to a maximum of L5 in 
commercial ship design, but not less than 1 shaft diameter 
for bearings that are ring or disk lubricated to prevent end 
leakage of the oil from impairing adequate lubrication. 

The most severe demands on the lubricating system of 
a line shaft bearing do not correspond to full-power, full- 
rpm operation, but to the condition when the shafting is 
rotated by the turning gear at about 0-1 rpm for extended 
periods of time to facilitate uniform cooling or heating of 
the main turbine rotors. If the lubrication system fails to 
deliver adequate oil to the journal under this condition, 
damage to the bearing surface may occur. Lubrication 
provisions have a strong influence on the ability of a bear- 
ing to operate satisfactorily in the critical jacking mode 
of operation; and, consequently, the means of lubrication 
strongly influences the extent to which line shaft bearings 
can be loaded. As a guide, it has been determined that as 
little as 25 drops of oil per minute on the journal surface 
will sustain indefinite operating in the jacking mode at 
bearing pressures of about 75 psi 


Tests to determine the conditions under which the tran- 
sition from fluid-film lubrication to boundary lubrication 
(see Fig- 3 of Chapter 11) occurs in journal bearings are 
reported in reference 37, Both tilting-pad and sleeve bear- 
ings w r ere tested at shaft speeds as low as those represen- 
tative of turning-gear operations. The tilting-pad bearing 
was immersed in oil, and the sleeve bearing was disk 
lubricated. The bearings had 13 in. diameters and were 
tested at a load of 200 psi. An abrupt change in the friction 
coefficient occurred at 1.3 rpm for the tilting-pad bearing 
and 2,5 rpm for the sleeve bearing. The oil flow supplied 
by the disk was more than adequate, even at speeds as 
low as 0.1 rpm. The tilting-pad bearing was also subjected 
to a series of high-loading (up to 1000 psi)* low-speed (0.012 
to 0,2 rpm) tests, with the results showing only light pol- 
ishing of the babbitt up to 300 psi and definite movement 
(wiping) of the babbitt above 750 psi. 

With proper attention given to design details* ring-lubri- 
cated bearings, disk-lubricated bearings* and pressure- 
lubricated bearings can carry increasingly higher unit 
loads in that order- Disk-lubricated bearings can carry a 
higher unit load than ring-lubricated bearings based on 
the assumption that the oil scraper functions properly. 
Very close controls must be maintained in the manufac- 
ture of oil scrapers because manufacturing flaws* which 
are hardly perceptible* can have a large influence on their 
performance. 

1 5.4 Outboard Bearings* Outboard bearings can be 
further classified as stern tube or strut bearings. Figures 
1 and 2 show the locations of these bearings relative to 
the ship arrangement. 

Outboard bearings can either be water lubricated or 
oil lubricated. Nearly all outboard bearings were water 
lubricated until about I960, when a transition to oil-lubri- 
cated bearings began. This transition to oiMubricated 
bearings was stimulated by the unduly short service life 
of many of the water-lubricated bearing assemblies dur- 
ing that period- It is believed that the shortened life of 
the water-lubricated bearings was caused by the trend to 
larger ship sizes, which had higher bearing loads* and 
more contaminated water passing through the bearings. 
Larger ships generally operate at deeper drafts; and with 
less clearance between the hull and channel bottom more 
contaminants, such as silt* mud* and sand* are drawn into 
the bearing clearance. The experience of ship operators 
during that time period regarding the wear down of water- 
lubricated outboard bearings with lignum vitae staves 
was generally unsatisfactory. The use of lignum vitae, 
which is a resinous dense hardwood* as a bearing material 
for water-lubricated bearings has been supplanted by the 
use of rubber or laminated phenolic materials. This up- 
grade in bearing material has substantially improved the 
performance of outboard bearings; however* comprehen- 
sive resolutions have not been developed for the many 
external factors that affect the performance of outboard 
bearings. 

The minimization of vibration was also influential in 
the adoption of oil-lubricated bearings. Particularly with 
larger and fuller ships* variations in the water inflow 
velocity to the propeller generate large variable bending 
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forces on the shafting. There have been many reported 
instances of shafting pounding in the forward stern tube 
bearing and the stern tube stuffing box on single-screw 
ships, particularly when five-bladed propellers were used. 
With proper initial alignment, oil-lubricated bearings, 
which have close bearing clearances and minimal wear- 
down, eliminate the pounding and associated maintenance 
of propeller shafts and stuffing boxes. 

Oil-lubricated stem tube bearings also reduce the power 
losses in the shafting system. For a 22,000-shp ship an 
efficiency improvement of about 0,2 percent can be ex- 
pected with oil-lubricated vice water-lubricated outboard 
bearings. 

Oil-lubricated outboard bearings are favored on com- 
mercial ships, but water-lubricated bearings are preva- 
lently used for naval ships. Figure 24 illustrates a typical 
water-lubricated strut bearing design. A water-lubricated 
stern tube bearing design is similar except that the bear- 
ing bushing is fitted inside the stem tube rather than 
inside the stmt barrel. 

Water-lubricated bearings basically consist of a nonfer- 
rous corrosion-resistant bearing bushing that retains a 
number of bearing contact elements, which may be a phe- 
nolic composition, or be made of rubber that is bonded to 
brass or nonmetallic backing strips. A sleeve is installed 
on the shaft to provide a corrosion-resistant contact 
surface. 

When brass-backed rubber strip (rubber stave) bear- 
ings are used, as is common in naval practice, dove-tailed 
slots are accurately cut in the bushing to accommodate 
the bearing staves. Sufficient metal is left between each 
slot to hold the staves securely; the space between staves 
also provides a cooling water flow passage. Continual 
improvements have been made in the design of water- 
lubricated rubber bearings. Reference 38 is a report of 
engineering developments, such as reducing the rubber 


thickness, using a more resilient compound, and using 
nonmetallic backing materials, that enhance the perform- 
ance of rubber-stave bearings. 

As indicated by Fig. 24, bearings that use phenolic mate- 
rials are similar to rubber stave bearings. A “V" or “U” 
shaped groove is cut at the longitudinal joints of the blocks 
to provide lubricating and cooling water flow. Brass re- 
taining strips are generally placed at four points around 
the circumference to secure the contact elements. 

Phenolic bearing materials, usually installed when dry, 
absorb water and consequently tend to swell; therefore, 
swelling must be considered in the design of these 
bearings. 

Water-lubricated bearings that had lignum vitae as the 
bearing material were designed with L/D ratios of ap- 
proximately 4 for the bearing adjacent to the propeller 
and 2 for those forward of the propeller bearing. For 
water-lubricated bearings that have synthetic bearing ma- 
terials, when substantiated by test results, an L/D ratio 
as low as 2 has been used for the propeller bearing, with 
L/D ratios of 1 for more-forward bearings. The unit load- 
ing of the propeller bearing, based on projected area 
(shaft diameter times bearing length), is normally under 
80 psi when an L/D ratio of 2 is used; however, great care 
must betaken in placing importance on the absolute value 
of bearing contact pressures that are based on the pro- 
jected area. Not only does the eccentricity of propeller 
thrust alter the loading, but also the load distribution is 
both difficult to assess and is subject to radical change. 
Outboard water-lubricated bearing materials may wear 
0.2 to 0.5 in. before being replaced. 

Water- lubricated outboard bearings can be installed to 
a slope that corresponds to the static slope of the shaft 
resulting from the weight of the propeller and shaft. The 
objective is to obtain a more uniform bearing load and 
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Fig, 25 Typical o \\- lubricated stern tube bearing 


shaft contact in the bearing when initially placed in ser- 
vice* Slope boring can facilitate hydrodynamic lubrication 
at a lower shaft rpm as a result of the lower bearing unit 
loads; however, this procedure has not proven entirely 
satisfactory from a weardown standpoint since the eccen- 
tric thrust of the propeller is not taken into account. 

To provide a more uniform load distribution over the 
length of water-lubricated propeller shaft bearings, some 
naval ships have been designed with the sleeve that con* 
tains the bearing material mounted within a rubber sup* 
port, which is located near the middle of the bearing. The 
flexible rubber support allows the bearing to conform to 
the slope of the shaft, and is an effective means of ob* 
taming a more uniform bearing load distribution. 

Propeller-shaft bearings of the tilting-pad type have 
also been used to provide a self-adjusting bearing contact 
feature. However, the average bearing pressure is inher* 
ently higher with tilting-pad bearings, and the bearing 
housing is necessarily much larger in diameter to accom- 
modate the tilting-pad feature, which is expensive to pro- 
vide and obstructs the flow of water to the propeller. 

The shaft breakaway friction torque in water-lubricated 
bearings can indicate a coefficient of friction as high as 
0.4 [39]* Depending on the shaft length, shaft torsional 
stiffness, bearing loads, and the boundary-lubrication co- 
efficient of friction in the bearing, the shafting can rotate 
intermittently. The stick-slip shaft motion is observed 
most frequently when operating on the jacking gear, but it 
may continue up to speeds of about 10 rpm. The resulting 
nonuniform shaft motion is often accompanied by reduc- 
tion gear backlash noises. 

Water-lubricated bearing materials have upper op- 
erating temperature limits that, if exceeded, will result in 
material damage. Therefore, each application should be 
reviewed for possible cooling-water requirements* In gen- 
eral, the cooling-water flow requirements are no more 
than 1 to 10 gpm depending on the maximum design op- 
crating temperature, bearing coefficient of friction, bear* 
ing load, and shaft surface velocity, Generally, conserva* 
tive design operating temperatures of 140 F or less are 
used. Data concerning friction coefficients for various 


water-lubricated bearing materials and configurations are 
given in reference 38* For instance, the Navy standard 
brass-backed rubber-stave bearing has a dynamic coeffi- 
cient of friction that ranges from 0.006 to 0,013* 

Oil-lubricated bearings, as illustrated by Fig. 25, have 
primarily been used in stem tubes and bossings, but have 
also been adapted for strut bearings* Oil-lubricated bear- 
ings do not require a liner to be installed on the shaft 
since contact with seawater does not occur, nor is there 
any significant shaft wear. Also, no bushing is inserted in 
the stern tube; the bearing shells, which have heavy wall 
thicknesses, are pressed directly into the stern tube. The 
L/D ratios of the heavily loaded after stem tube bearing 
have ranged widely. Early designs had ratios of 2*5 but a 
trend toward a value of 1*5 was subsequently established. 

Although the unit bearing pressure based on the pro- 
jected area normally falls in the 80 psi range for oil-lubri- 
cated bearings, the actual operating pressure is probably 
closer to twice this value. An inspection of the bearing 
contact area after operation reveals that the after bearing 
is loaded only on the after end for a length of about one 
shaft diameter; shorter bearings are often advocated for 
this reason. Slope boring the aftermost bearing so that it 
corresponds to the mean slope of the propeller shaft can 
provide better bearing contact and reduce the high pres- 
sures that, would otherwise be applied to the after end 
of the bearing. Alternatively, tilting-pad propeller shaft 
bearings have been developed that assure a uniform con- 
tact between the bearing and shaft under all operating 
conditions* Tilting-pad bearings are generally designed 
with an L/D ratio of L 

Figure 26 illustrates a typical lube-oil diagram for an 
oil-lubricated stem tube bearing* Oil-lubricated stern tube 
bearings are totally submerged in oil, and seals on the 
after and forward ends of the tube prevent the ingress of 
seawater and the leakage of oil* The pressure differentia] 
between the oil in the stern tube and the ambient seawater 
has been controlled in several ways. For ships that operate 
at a nearly constant draft, this has been accomplished by 
means of a head tank that is located about 10 ft above the 
full-load waterline. Ships that have large draft variations 
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may require two head tanks: one for full-draft operation 
and one for ballast operation. An alternative means of 
controlling the differential pressure between the lubricat- 
ing oil and the ambient seawater at the seal is to use 
an automatic control system that senses the seawater 
pressure and adjusts the oil pressure accordingly, usually 
by imposing a variable air pressure on the head tank. The 
operating life of the shaft seals, which retain the oil in the 
stern tube and prevent the ingress of seawater, can be 
sensitive to the differential pressure between the seawa- 
ter and the oil and to the shaft rubbing velocity. Although 


several seal designs have been developed for this applica- 
tion, the most common design has lip-type seals running 
on a sleeve that is secured to the shaft and rotates with 
it. This type of seal can be subjected to rather large swings 
in differential pressure without damage. However, in- 
stances of excessive liner wear and seal leakage have been 
reported with lip-type seals. Reference 40 is a report of 
tests that were conducted with a special test rig to evalu- 
ate seal and liner materials. The seals used were approxi- 
mately one-half scale. The test series was not completed, 
but the tests conducted indicate the importance of a 
proper selection of the contacting mating materials and 
the proper manufacture of these materials. 

A pump is usually installed, as shown in Fig. 26, to 
force oil circulation through the stern tube. The piping is 
preferably arranged such that oil is circulated through 
both hearings. Many variations of this system have been 
used, including the deletion of the pump. Owners often 
specify fillers, heaters, coolers, and coalescers to condi- 
tion the oil as it passes through the circuit. Coolers are 
rarely used as the temperature leaving most stern tubes 
does not exceed 120 F. 

A design variation that was developed to minimize the 
risk of leaking lubricating oil to the seawater incorporates 
a drained air cavity that is located in the after seal housing 
between the seawater and the lubricating-oil seal ele- 
ments. With this arrangement any leakage past the sea- 
water or lubricating-oil seal elements goes to the air cavity 
and is drained inboard. The air pressure and lubricating- 
oil pressure in the after seal assembly are automatically 
adjusted to compensate for variations of draft. 

Stern-tube bearings on smaller ships have been in- 
stalled by fitting the hearing bushings within the stem 
tube with a poured-in-place epoxy resin. Such an installa- 
tion eliminates the necessity for an accurate stem tube 
boring operation. The stem tube bearings can be posi- 
tioned to provide the best theoretical contact with the 
shaft, and then fixed in that position by the epoxy resin. 
Reference 41 relates experience with this installation tech- 
nique and outlines the installation process. 


Section 6 
Propellers 


6. 1 Introduction. As discussed in Chapter 1, Idle selec- 
tion of the propulsor, which converts engine torque to 
ship thrust, and the selection of the propulsion machinery 
are often closely related. Because of the interfaces^be- 
tween the propulsor, propulsion machinery, and hull, the 
design of the propeller is often a task of shared responsi- 
bility. A naval architect is usually responsible for the de- 
velopment of the hull lines and the propulsor hydrody- 
namic characteristics; but a marine engineer is generally 
responsible for the equipment and mechanical arrange- 
ments that properly interface with the naval architect's 
area of responsibility. This is the general basis upon which 


the Society's two publications, Principles of Naval Archi- 
tecture and Marine Engineering are presented. 

Figure 3 of Chapter 1 is a comparison of the optimum 
efficiency values for a number of different types of pro- 
pulsors. This information gives guidance concerning the 
relative merits of one propulsor versus another from an 
efficiency standpoint. However, in the preliminary design 
stage, more specific information is required to make the 
necessary trade-off studies required to support a design 
selection. Systematic model tests of propulsors provide 
the necessary information for the trade-off studies, and 
in many cases may be adequate for the final design [1]. 
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6.2 Propulsor Types, As noted in Chapter 1, the type 
of propulsor to be used must be selected very early in the 
ship design process as the type of propulsor can have a 
strong impact on the design of the ship itself. The majority 
of ship propulsors are of the solid fixed-pitch propeller 
type. Nevertheless, there are a number of other types of 
propellers that may be more suitable in particular in- 
stances, A brief description of the mechanical aspects of 
the various types of propulsors is as follows: 

Conventional fixed-pitch propellers . Most propel- 
lers are of the conventional fixed-pitch type and are made 
from single castings. Conventional fixed-pitch propellers 
usually have an efficiency, cost, and simplicity advantage 
over other types of propellers. The procedures used to 
develop the hydrodynamic design of fixed-pitch propellers 
and variants of fixed-pitch propellers, such as propellers 
in nozzles and controllable-pitch propellers, are outlined 
in reference 1. 

Detachable-blade propellers . Detachable-blade (or 
built-up) propellers consist of a separately cast hub and 
blades. The blades are bolted to the hub to form the com- 
posite propeller. When operating conditions are such that 
there is a high probability of propeller blade damage, 
detachable-blade propellers offer the advantage that indi- 
vidual blades can be replaced. Also, some blade attach- 
ment designs have elongated bolt holes that offer the 
advantage of being able to make small modifications in 
blade pitch, which can be used to adjust the operating 
rpm. The disadvantages associated with detachable-blade 
propellers, as compared with propellers made from a sin- 
gle casting, are the greater first cost, greater complexity, 
and greater susceptibility to cavitation in the vicinity of 
the blade root because of the shorter, thicker sections 
necessitated by the restriction on blade bolting flange 
diameter. 

Controllable - and reversible-pitch propellers , Con- 
trollable- and reversible-pitch propellers [or, more suc- 
cinctly, controllable-pitch (CP) propellers] have a mecha- 
nism in the propeller hub that can be operated remotely 
to change the propeller pitch setting from a maximum 
design ahead pitch to a maximum design astern pitch. 
The pitch can be changed while the propeller rotates and 
develops thrust within these limits, or the pitch can be 
maintained at any intermediate setting for continuous op- 
eration, A CP propeller is advantageous in any of the 
following situations: 

1. Where the operating conditions vary widely and 
maximum thrust is desired throughout these operating 
conditions, such as tug, trawler, and offshore supply boat 
applications. 

2. Where shaft reversing capabilities are not readily 
provided by the main engines (e.g., gas turbines). The 
unidirectional rotation is also beneficial in applications 
that require highly skewed blades in that thicker sections 
from the 0,8 radius to the tip are not required on the 
trading half of the blade chord. 

3. Where extensive low-speed maneuvering is required 
for a diesel-powered vessel. The thrust can be varied con- 
tinuously from ahead to astern, including zero thrust, 


while operating in the minimum speed range of the diesel, 
thus avoiding slipping clutches or stopping and starting 
the main engine. 

4. Where the ship will operate in ice-covered water. 
The unidirectional rotation of a CP propeller subjects the 
blades to less ice damage because the leading edges of 
the blades are thicker and stronger than the trailing edges 
and because continuous propeller rotation during thrust 
reversals minimizes fouling of propeller blades by blocks 
of ice, which sometimes impose loads on the propeller 
blade sections in their weakest direction. 

5. Where an improved maneuverability and a minimum 
ship stopping distance are desired. An infinitely variable 
thrust capability in either direction and a more rapid re- 
sponse to thrust-reversal commands improve ship maneu- 
verability and reduce the ship's headreach. 

6. Where a constant shaft rpm is an advantage over a 
wide range of operating powers. By adjusting the propel- 
ler pitch, a constant rpm can be maintained over a range 
of ship speeds; this can be advantageous with shaft-driven 
generators. However, a propeller efficiency penalty is in- 
curred. 

At the propeller design point, the efficiency of a CP 
propeller approaches the efficiency of a fixed-pitch propel* 
Jer. However, the larger hub normally prevents the effi- 
ciency of a CP propeller from exceeding that of a fixed- 
pitch propeller! Off the design point, the efficiency of a 
CP propeller is usually less than that of a fixed-pitch 
propeller designed for that operating condition. This is 
because all sections of a CP propeller blade are rotated 
through the same angle as the pitch is changed; thus, the 
angles of attack of the various blade sections along the 
propeller radii are optimum only at the design point 
The blade setting of a CP propeller is controlled by a 
hydraulic piston, a servo valve, an oil-distribution system, 
a pitch feedback indicator, and a pitch demand control 
loop, which is located within the ship and can be designed 
to respond to a variety of inputs. 

Three basic arrangements of the pow T er piston and servo 
valve are in general use: (1) those with the power piston 
and servo valve located in the hub, as in Fig. 27; (2) those 
with the power piston in the propeller hub and the servo 
valve inboard, as in Fig. 28; and (3) those with both the 
power piston and the servo valve located inboard, as illus- 
trated by Figs. 29 and 30. In all cases the propeller hub 
houses the pitch-changing mechanism and structurally 
contains the torque, thrust, and centrifugal forces. 

The pitch of the blades is changed by rotating the blades 
about their radial axis. For the configuration shown by 
Fig, 27, the pitch is changed with a Scotch-yoke mecha- 
nism, which is shown in more detail by Fig. 31* Link mech- 
anisms, of the types illustrated by Figs. 28 and 29, are 
also commonly used. A simplified technique that can be 
used to analyze mechanisms of the trunnion-link type, as 
in Fig. 28, is presented in reference 42. 

When the power piston is located in the propeller hub 
with the servo valve inboard, the motivating hydraulic oil 
is transmitted through a distribution assembly to piping 
that is inside the hollow propulsion shaft. The oil-distribu- 
tion assembly can be located along the run of the line 
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shafting or it may be conveniently located at the forward 
end of the reduction gear slow-speed shaft, in arrange- 
ments that have geared drives. 

For CP propeller arrangements that have the power 
pistons inboard, the force required to control the propeller 
pitch is developed by a pitch-control assembly, such as 
shown by Fig. 30, and is transmitted through a push/ pull 
force rod that is in the hollow propulsion shafting. 

The selection of the diameter, rpm. blade area, and 
blade thickness for a CP propeller proceeds basically the 
same as for a fixed -pitch propeller except that the regula- 
tory bodies generally require that the stress in the propel- 
ler blade be calculated at the 0*_35 radius, instead of the 
0.25 radius, because of the inherently larger hub diame- 
ter, It is also noted that there may be an increased suscep- 
tibility to cavitation in the vicinity of the blade root of 
the CP propeller because of the shorter, thicker sections 
necessitated by the restriction of the propeller blade 
flange diameter. 

Propellers in nozzles. Two types of arrangements 
fall into this category, namely, the pump jet and the Kort 
nozzle. In the pump jet arrangement the propeller is 
placed in a rather long nozzle with guide vanes either 
forward, aft, or in both positions relative to the propeller. 
A pump jet is normally considered where propeller noise 
is important. Because of the resistance of the nozzle and 
guide vanes, the overall efficiency of a pump jet arrange- 
ment is strongly dependent on particular circumstances* 

Kort nozzle or ducted-propeller arrangements provide 
efficiency advantages in applications where the thrust 
loading is high; examples of such applications are tugs, 
trawlers, and large slow-speed ships (see Fig, 3 of Chapter 
I). A Kort nozzle arrangement consists of a propeller lo- 
cated in a nozzle of relatively short length; the length/ 


diameter ratio of the nozzle is in the range of 0,5 tp_0.8, 
Kort nozzles are used extensively in connection with tug- 
boats because the bollard pull and towing pull can be 
increased 30 to 40% as compared with a propeller op- 
erating alone without a nozzle. Nozzles can be of the 
accelerating or decelerating flow type depending on 
whether they accelerate or decelerate water flow through 
the nozzle. The accelerating nozzle also augments the 
forward thrust of the propeller and is used extensively in 
cases where the ship screw is heavily loaded [!]. Refer- 
ence 43 includes a review of the design of CP propellers 
that operate in a duct and also outlines operational prob- 
lems associated with this propulsor arrangement* 

Tandem propellers * As the horsepower requirements 
for a ship increase, a single propeller can become inade- 
quate because of restrictions on the propeller diameter, 
draft limitations, or excessive thrust loading* When this 
occurs, an increase in the number of propellers is required. 
Since a single shaft is desirable from an operating and 
design viewpoint, there could be justification for consider- 
ing the installation of two propellers positioned in tandem 
on the same shaft. 

Only small losses in propulsive efficiency (2.2%) were 
reported from model tests for a tandem arrangement as 
compared with a twin-screw arrangement for a large 
tanker [44 j. The economy of a single propulsion plant, as 
opposed to two propulsion plants, in addition to the single- 
screw simplicity of the shafting arrangement are the ad- 
vantages offered by tandem propellers. 

Vane wheel. A vane wheel is a freely rotating propel- 
ler that is located abaft a powered propeller. The vane 
wheel may be supported on an extension of the powered- 
propeller shaft or it may be supported by the rudder sup- 
port structure. The diameter of a vane wheel is larger 
than that of the powered propeller, and the blades of a 
vane wheel are designed so that the vane wheel develops 
torque from the powered-propeller race at the inner radii 
and simultaneously converts the torque into thrust by the 
outer radii of the vane wheel, which are outside the race 
of the powered propeller. Full-scale tests on a research 
vessel with this type of propulsor showed an improvement 
of 9% when compared with a conventional propeller. With 
optimization of the system, it was predicted that a 12% 
improvement could be achieved [l]. The improvement in 
the overall efficiency is attributed to a reduction in the 
rotational energy in the wake of the powered propeller. 
Vane wheels introduce complications in the outboard ar- 
rangement, however, and the increased dear diameter 
that is required in way of the propeller aperture may not 
be easily accommodated. The bearing-support arrange- 
ment for a vane wheel requires a comprehensive engi- 
neering analysis, as does the vibratory interaction effects 
introduced by a vane wheel. 

Contrarotating propellers . Contrarotating propeller 
arrangements consist of two propellers positioned in tan- 
dem on coaxial shafts that rotate in opposite directions. 
Higher efficiencies can be achieved with this propeller 
arrangement because no rotational energy need be left in 
the propeller wake. Reference 44 reported a propulsion 
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efficiency improvement of 6.7% for a 136,000- ton-displace- 
ment tanker with contrarotating propellers as compared 
with a conventional single-screw arrangement; similar 
tests for an 18,170-ton-displacement dry cargo ship indi- 
cated a 12% improvement [45)- 
Contrarotating propeller arrangements have not been 
used extensively in connection with commercial ships be- 
cause of the mechanical complications involved with the 
coaxial propulsion system arrangement (see Chapter 9). 
Some naval installations have been made, but their per- 
formance has not been made public. Reference 46 outlines 
the design process and developments in the design theory 
for contrarotating propellers. 

Fully cavitating propellers. The primary objection to 
propeller cavitation is the deleterious effect that it has on 
the propeller blade surfaces and overall propeller per- 
formance. Once the propeller loading conditions become 
such that cavitation can no longer be avoided, as may be 
the case with very fast ships, then rather than accept a 
limited amount of cavitation a more satisfactory choice is 
to design the propeller such that it cavitates fully* In this 
event, the cloud of vapor, which forms on the suction side 
of a blade, does not collapse until it is clear of the propeller 
blade, thus having no deleterious effect on the propeller 
blades* Operating at off-design conditions may result in 
severe propeller cavitation erosion, and such operations 
(accelerating, decelerating, etc.) cannot be entirely 
avoided in service. For this reason and to withstand the 
high stresses resulting from the large thrust load, fully 
cavitating propellers are frequently made of exotic, cavit- 
ation-resistant materials* Reference 1 gives the expected 
performance of a theoretical series of 3-bladed supereavi- 
tating propellers, which can be used to estimate their 
performance. 

In order to achieve fully cavitating performance in a 
speed range too low for the usual fully cavitating propel- 
ler design, but still in the range where conventional pro- 
pellers would cavitate excessively, ventilation may be con- 
sidered* Ventilation is the term used to describe the 
introduction of air into the cavitation areas to produce a 
fully developed cavity . Reference 1 reports that there is 
little difference in efficiency between fully-cavitating and 
ventilated propellers once the cavity is formed* Experi- 
ence with ventilated propellers is very limited* but some 
model testing has been carried out; reference 47 is a report 
of one such test. 

6-3 Propeller Characteristic*. The characteristics of a 
propeller have an important influence on the design of 
the shafting and bearing system* The prope ller we ight is 
carried by the propeller shaft, and propeller hydrody- 
namic loads are imposed on the shafting system. Standard 
propeller series data, such as reported in reference 1, are 
commonly used to develop a preliminary estimate of the 
basic propeller parameters and the related propeller-hull 
interactions* Propeller series data can be used, with a 
minimum of cost and time, to obtain results that are ade- 
quate for many purposes. To optimize a propeller design 
for a specific application, propeller calculations are often 
made using hydrodynamic lifting-surface theory [1]* 


The following propeller characteristics must be estab- 
lished during the design process: 

Propeller diameter In general, a higher pro peller ef- 
fidency is associated with a larger propeller diameter and 
a lower shaft rpm. Therefore, it is usually desirable to 
install the largest propeller diameter that can be accom- 
modated by the hull lines* 

Propeller rpm. The choice of the propeller rpm in- 
volves establishing a balance between the propeller effi- 
ciency and the weight, cost, and space requirements of the 
raain machifiery* This is accomplished by using standard 
propeller series data to compute a series of points that 
form a curve which represents the relationship between 
the propulsive efficiency and the propeller speed over the 
rpm range of interest. These calculations are based on a 
propeller diameter that is selected as indicated above* The 
point of maximum efficiency on this curve is known as 
the optimum rpm for the propeller diameter selected. This 
curve is used to assess the penalty in propulsive efficiency 
associated with an increase in rpm. Data from this curve 
combined with the effect of the rpm on the weight, cost, 
and space requirements of the main propulsion machinery 
permit the finaLseJe ction to be made* 

It will be noted that at an rpm slightly higher than the 
optimum propeller rpm for a given propeller diameter, the 
propeller efficiency decreases only slightly. But on the 
other hand, the effect of a relatively small increase of 
propeller rpm {with the power remaining the same) on the 
weight, cost, and space requirements of the main machin- 
ery can be significant* In the case of higher-powered ves- 
sels, it is usual to select a propeller rpm that is higher 
than optimum and to accept some sacrifice of propeller 
efficiency to reduce the size of the propulsion machinery. 

Number of blades. Propellers may have three, four, 
five, six, seven, or more blades* Over the years, the trend 
has been to use a larger number of blades; three blades 
fell into complete disuse for large ships during the 1940's, 
and the use of six- and seven-bladed propellers has become 
common. The major factor in the selection of the number 
of propeller blades is vibration considerations. Both the 
hull hydrodynamic pressure forces and the forces trans- 
mitted through the shafting system bearings are strongly 
influenced bv the selection of the number of propeller 
blades* In general, the propeller exciting forces decrease 
rapidly with larger numbers of blades; however, there are 
exceptions. For more details concerning the relationship 
between the number of propeller blades and the vibratory 
forces generated, see Section 3*2* A prudent selection of 
the number of propeller blades is an important design 
criterion that can be used to avoid the excitation of natural 
frequencies in the propulsion system. 

Propeller pitch. The selection of propeller pitch can 
be made when the power, ship speed, shaft rpm, propeller 
diameter, and general hull characteristics have been de- 
termined. The pitch ratio may be selected on the basis of 
standard propeller model series data. However, when a 
propeller is highly loaded or operates in a nonuniform 
wake field, it may be desirable to design a propeller with 
a pitch ratio and pitch distribution tailored to suit the 
particular operating conditions* This can be accomplished 
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by designing a propeller in accordance with the proce- 
dures outlined in reference I. 

Blade skew * A propeller blade is termed skewed when 
its outline is asymmetrical with respect to a straight radial 
reference line in the plane of the propeller. Skew is usually 
introduced by successively displacing the blade sections 
away from the direction of rotation. Propeller blades with 
skew tend to enter and leave the regions of high wake 
more gradually. Model test results show that blade skew 
is an effective means of reducing the fluctuating forces 
and moments acting on a propeller* It is normal practice 
to skew propeller blades a moderate amount based on past 
experience, without specific knowledge regarding the 
benefits achieved; however, model tests may be conducted 
to evaluate the effects or an analytical evaluation can be 
made as discussed in reference 2. 

Developed area . With heavily loaded propellers, 
which is commonly the case, the developed area must be 
established with care* Considerations in the selection of 
the propeller developed area are the penalty in efficiency 
associated with an excessive developed area and the ef- 
fects of cavitation resulting from an inadequate developed 
area. The effects of an inadequate area can be of greater 
consequence than those of an excessive area; therefore, 
prudent practice dictates that a developed area be pro- 
vided which is sufficiently large to incur a minimal cavita- 
tion hazard. For a more detailed discussion of propeller 
cavitation, and consequently developed area, see refer- 
ence 1* 

Propeller blade thickness * Requirements concerning 
the minimum allowable blade thickness are given in classi- 
fication society rules, such as reference 15. A thorough 
discussion of the development of the classification society 
rules is given in reference 48, which also provides the 
basis for making an in-depth analysis of the propeller 
blade stress. 

Propeller hub. The contour of the propeller hub out- 
side diameter is shaped to maintain a smooth flow of water 
over the hub from the stern frame or strut barrel, and the 
hub length is largely controlled by the propeller blade 
fore-and-aft length at the interface with the hub* These 
parameters establish only the lower limits, and thicker 
hubs may be required to provide adequate strength* Ex- 
cessively large propeller hubs are disadvantageous in that 
they increase the expense of the propeller and propeller 
weight (and consequently propeller shaft stress). 

Propeller weight An estimated propeller weight can 
be obtained in several ways* The most accurate is to calcu- 
late the weight based on detailed drawings* Unfortu- 
nately, however, the need for the propeller weight is well 
in advance of the time detailed drawings are available. 
There are a number of approaches that may be used to 
approximate propeller weights; one approach is given in 
reference 48. There are other methods such as 

W = KmMWR)(BTF) (13) 

where 

W = propeller weight (including hub), lb 


K = material density factor, having a value of; 
0*26 for Mn-Brz 
0.25 for Ni-Mn-Brz 
0.235 for Ni-Al-Brz 
0.235 for Mn-Ni-Al-Brz 
0.225 for cast iron 
0.245 for stainless steel 
D — propeller diameter, in, 

MWR — mean width ratio 

developed area per blade 

D (blade radius — hub radius) 

BTF — blade thickness fraction 

maximum blade thickness extrapolated 
to shaft axis, in* 

D 

Care must be exercised in the use of approximate meth- 
ods because of considerations such as unusual hub dimen- 
sions and allowances for ice strengthening* 

6*4 Manufacturing Tolerances* Two distinctly differ- 
ent methods are used to verify that propeller blades are 
in compliance with specified tolerances* The International 
Standards Organization Recommendation 484 delineates 
a system of tolerances that is based upon the use of a 
pitchometer [49]* A pitchometer is a device for determin- 
ing the propeller blade pitch angle by measuring the dis- 
tance from a reference plane to points on the blade pres- 
sure face. Propellers for merchant ships are almost 
exclusively manufactured and inspected using the pitcho- 
meter method. A description of the process used to mea- 
sure propeller tolerances is outlined in reference 49, and 
four classes of tolerances are presented from which the 
one appropriate for a specific application can be selected* 
Table 9 is a summary of the four tolerance classes and 
the tolerances recommended by reference 49. 

A second method to measure the accuracy of propeller 
blades is based upon the use of a series of sheet-metal 
template gages* This is the method required by the U.S. 
Navy [23]. Three types of sheet-metal template gages are 
used: (1) suction and pressure face cylindrical contour 
gages; (2) leading edge, trailing edge, and tip gages; and 
(3) fillet and hub or palm gages. The procedure used to 
design and manufacture the gages is outlined in reference 
50* Generally, a minimum of 53 gages is required to in- 
spect a propeller* The gage method provides considerably 
more insight and control over blade geometry than does 
the pitchometer method; however, there is also an in- 
crease in cost. The cost increase is related to: the gages, 
which must be manufactured for each propeller design; 
the increased number of measurements, with more than 
2*5 times as many required; the data gathering process, 
which is not easily automated; and the fact that the pro- 
cess is subject to errors because of the number of gages 
and measurements required. But, for applications where 
propeller accuracy is of critical importance, as is the case 
with some naval ships, such a rigorous measurement pro- 
cedure is a necessity* 

A discussion and evaluation of the pitchometer and 
gage methods of assessing propeller blade accuracy are 
presented in reference 51* Included in reference 51 is a 
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Table 9 Summory of recommended propeller tolerances [48] 


Class Accuracy of Manufacturing 


Normal Application 


S 

] and II 
III 


high precision 
medium precision 
large tolerances 


propellers of superior quality for special purposes 

for the majority of merchant vessels 

for vessels without special characteristics, m general only applied to cast-iron propellers 

Class 



S 

I 

II 

HI 

Pitch 

Local pitch* 

Mean pitch of each radius at each blade* 

Mean pitch per blade 3 

Mean pitch of propeller* 

±1.5% 

±1% 

±0.75% 

±0.5% 

±2% 

±1.5% 

, ±1% 

* ±0.75% 

±3% 

±2% 

±1.5% 

±1% 

±5% 

±4% 

±3% 

Radius 

Deviation* 

±0.2% 

±0.3% 

±0.4% 

±0.5% 

Blade thickness 

Upper deviation 13 
with a minimum of 

Lower deviation 3 
with a minimum of 

+2% 

+0.0787 in. 
-1% 

-0.0394 in. 

+2.5% 

+0.0984 in. 
-1.5% 

-0.0591 in. 

1 

+4% 

4-0.158 in. 

”2% 

-0,0787 in. 

+ 6% 

+0.236 in. 
-4% 

-0.158 in. 

Blade (section) Length 

Tolerance* 
with a minimum of 

±1.5% 
±0.276 in. 

/ ±2% 

±0.B94 in. 

±3% 

±0.512 in. 

±5% 

±0.591 in. 

Blade skew 

Tolerance* 

±3% 

±4% 

±6% 

±10% 

Longitudinal position of pbofeller blade 

Deviation of the distance from the reference plane to the 
blade reference axi sf 
with a minimum of 

±0.5% 
±0.197 in. 

±1% 

±0.393 in. 

±1.5% 

±0.591 in. 

±3% 

±1.181 in. 

Angular deviation 

Tolerance* 

±1 deg 

± 1 deg 

± 2 deg 

±2 deg 


Surface finish* 


250 
0.3 R to tip 


500 
G.4f? to tip 


0.5# to tip 


125 

hub to tip 

•Expressed as a percentage of the design pitch at the corresponding radius. Tolerances for sections at 0.2, 0.3, and OAR should be 
increased by 50%. 

* Expressed as a percentage of the radius of the propeller. 

Expressed as a percentage of the ratio the^ropeller diameter divided by the number of propeller blades. , 

* Expressed as a percentage of the propeller diameter divided by number of propeller blades for arc length from reference line to leading 

^Expressed as a percentage of the propeller diameter. The same tolerances apply to the differences between readings on the same blade 
and to the differences between adjacent blades. Measurements are to be made at the O.d, 0.0, and O.ybtc. 

0 Deviation between adjacent blades. 

* Maximum mean roughness height, microinches. 


review of the adequacy of the two tolerance systems rela- 
tive to their intended purpose and an assessment of the 
effect of a tolerance change on the manufacturing process 
and propeller performance. Reference 51 suggests that 
propeller manufacturing tolerances reflect the effort re- 
quired for accomplishment and be related to performance 
requirements. 

In addition to the tolerances governing the propeller 
physical dimensions, balance tolerances must also be spec- 
ified. Ship's specifications usually require that propellers 
be balanced (with static or dynamic equipment) such that 
the static unbalanced force at rated rpm is no greater 
than 1 % of the propeller weight. The following expression 
may be used to determine the static unbalance correspond- 
ing to an unbalanced force equal to 1% of the propeller 
weight: 

U = 352 HW (14) 


where 

U = static unbalance which will generate an alternat- 
ing force equal to 1% of the propeller weight, 
in. -lb 


W — propeller weight, lb 
N — maximum rated propeller rpm 

Limits are not generally placed on dynamic unbalance 
because of the large diameter-length ratio of propellers, 
but good practice dictates that corrections made for static 
unbalance be accomplished so as to improve the dynamic 
unbalance. Dynamic unbalance is generally not found to 
be a problem; nevertheless, the dynamic unbalance should 
be limited such that the alternating force generated at the 
aftermost bearing is no greater than an alternating force 
at the aftermost bearing corresponding to a static unbal- 
ance equal to \% of the propeller weight A useful expres- 
sion for the maximum allowable dynamic unbalance under 
these conditions is 


352 W 
AT’ 


A, + 


1 + 


0.0000284 HW*i|(£| + AX0.5&, + 4) 


(15) 


where 

D = dynamic unbalance that will produce the same 
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force at the aftermost bearing as a static unbal- 
ance equal to 1% of propeller weight applied at 
propeller center of gravity, in.-lb-in. 

W = propeller weight, lb 

L, = distance from propeller center of gravity to the 
aftermost bearing reaction, in. 


Li — distance from aftermost bearing reaction to the 
reaction of next bearing forward, in. 

N — maximum rated propeller rpm 
E — shaft modulus of elasticity, psi 
/ = shaft rectangular moment of inertia, in.' 1 


Section 7 
Torsional Vibration 


7 A General, Severe torsional vibration difficulties 
experienced with the early reciprocating-engine drives, 
particularly diesel engines, placed an emphasis on the 
importance of torsional vibration as a consideration in 
the design of shafting systems. Subsequently, the design 
methodology required to conduct a comprehensive tor- 
sional vibration analysis was formulated [52-61], and tor- 
sional vibration became established as a factor to be care- 
fully considered in the design of all types of main 
propulsion shafting systems. 

7,2 Modes of Torsional Vibration. The design of most 
large ships is such that one or more resonant modes of 
torsional vibration occur within the operating range. 

With the possible exception of propulsion systems that 
use a power takeoff to drive a component having a large 
inertia through a torsionally flexible drive train, the first 
mode of torsional vibration in the shafting system will 
have the node and the highest torsional alternating 
stresses occur immediately aft of the propulsion engine. 
For vessels with fairly long runs of shafting, the first- 
mode frequency usually occurs at a low shaft rpm {less 
than 50% of rated rpm). This condition is normally not 
objectionable for a turbine-driven system because the pro- 
peller is the source of excitation, and the alternating tor- 
ques developed are of low magnitude. In addition, the 
damping energy absorbed by the propeller is high enough 
to result in low vibration amplitudes and stresses. How- 
ever, for diesel-engine drives, the engine also can excite 
the first mode and can cause shaft stresses that must be 
avoided on a continuous basis. In such cases, a barred 
speed range is often imposed. In the case of ships that 
have short runs of shafting, the first mode can occur 
sufficiently high in the operating range to become of sig- 
nificant concern. In these cases, the shafting system may 
require special design features to avoid deleterious tor- 
sional vibrations. 

The second and third modes of torsional vibration are 
determined primarily by the characteristics of the prime 
mover. With geared-turbine drives, the turbine-gear sys- 
tem generally cannot be designed such that the second 
mode of torsional vibration is out of the operating range. 
Such being the case, a so-called “nodal drive 11 is frequently 
provided [52]. In a nodal drive, the turbine branches are 
designed to have equal frequencies, which forces the slow- 
speed gear to be a nodal point. The second mode of tor* 
sional vibration then consists of motion in which the two 
turbines vibrate so that their vibratory torques oppose 
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fc) Third Made 
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2 LP High-speed Reduction 

3 HP Turbina 
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5 Slaw-Speed Reduction 
S Propeller 


Fig. 32 Mode shapes of first three modes of torsional vibration of a tur- 
bine-driven propulsion system of the nodal-drive type 


each other with a nodal point at the gear. This being 
the case, the turbine branches cannot be excited by the 
propeller. 

In the third mode of torsional vibration of a geared- 
turbine system, the vibratory torques of the propeller and 
turbines oppose that of the slow-speed gear. The third 
mode usually occurs considerably above the operating 
range; consequently, it is rarely of concern. However, 
very high propeller speeds or a large number of propeller 
blades can cause it to occur within the operating range. 
The third mode is difficult to excite because the antinode 
occurs at the slow-speed gear, which is not a source of 
excitation, and a node occurs near the propeller, which is 
a source of excitation. The mode shapes of the first three 
modes of torsional vibration for a geared-turbine propul- 
sion system are shown by Fig. 32. 

The first three modes of vibration of a slow-speed diesel 
propulsion system are shown by Fig. 33. The second and 
third modes of vibration have nodes in the engine crank- 
shaft. but these modes can be excited by the higher orders 
of engine alternating torque. The strengths of the higher 
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Fig, 33 Mcdtf shapes of first three modes of torsional vibration of a dkeet-drWe diesel propulsion system 



(a) Schematic illustration of a geared Turbine 
driven propulsion system 
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Fig. 34 


Equivalent vystems for determining toriionol natural frequencies of geared turbine driven propulsion systems. 


of engine alternating torque. The strengths of the higher 
orders of engine excitation are generally of smaller mag- 
nitude; however, some of the higher orders are potentially 
hazardous and must be evaluated. 

7.3 Models for Torsionol Vibration Analyses. 

a, Geared-turbine drives* A typical steam turbine 
propulsion system is schematically illustrated by Fig. 
34(a). To simplify the analytical procedure, the system can 
be reduced to an equivalent model in which all elements 


are referred to the same rotational speed, as illustrated 
by Fig. 34(6), Figure 34(6) can be used to evaluate all 
modes of torsional vibration that would be expected to be 
of practical interest. However, if only the first three 
modes of vibration are of interest, which would generally 
be the case, the model shown in Fig. 34(6) can be further 
simplified to that shown in Fig. 34(c) without a serious 
loss of accuracy because the equivalent inertias of the 
turbines and stiffnesses of the turbine shafts are very 
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high compared with those of the first-reduction gear ele- 
ments. 

If only the first mode of torsional vibration is of inter- 
est, then it can be approximated by directly adding the 
equivalent inertias of the turbine branches, J TL and J TH in 
Fig. 34(c), to the slow-speed gear inertia, */ G . and making 
an analysis based on a two-mass system. When the iner- 
tias of the turbines and gears are not known, the nodal 
point in the first mode of vibration is often assumed to be 
aft of the slow-speed gear, a distance that is equal to 
4% of the length between the slow-speed gear and the 
propeller. With such an assumption, the first-mode natu- 
ral frequency can be simply determined by considering 
the system to be a one-degree-of-freedom model as shown 
in Fig. 34(<f). 

All of the system parameters needed to evaluate the 
torsional natural frequencies can be directly determined 
from the physical properties of the system except for the 
propeller entrained water. An assessment of the propeller 
entrained water can be made from the work of Burrill and 
Robson [58] or Parsons and Vorus [62], 

To avoid the tedious labor associated with calculating 
the moment of inertia of the propeller in air, the propeller 
radius of gyration is often estimated to be between 0.40 
and 0.44 of the propeller radius (the lower end of the range 
corresponds to larger propeller hubs and smaller numbers 
of blades). 

b. Diesel drives. The models used to analyze the tor- 
sional vibration characteristics of diesel-driven propulsion 
systems are similar to those used for geared-turbine sys- 
tems, If the prime mover is a medium- or high-speed die- 
seifs) driving through a reduction gear, the model is devel- 
oped with the inertias and stiffnesses referred to the 
propeller rotative speed as discussed for a geared-turbine 
model [60]. 

A model representation of a typical slow-speed, direct- 
drive diesel propulsion system is shown by Fig. 35. The 
inertias of the propeller and entrained water are deter- 
mined the same as for geared-turbine drives. The inertias 
of rotating masses and the spring constants of the shafts 
can be determined in a straightforward manner; however, 
"effective” inertias are used to represent the inertias of 
the pistons and connecting rods. 

By inspecting Figs. 1, 2, or 3 of Chapter 3, it is evident 
that the reciprocating masses of the pistons transmit in- 
termittent inertia loads into the crankpin. When a piston 
is at either the top- or bo ttom-de ad-center position, there 
is no piston motion; however, at crank angles halfway 
between the top- and bottom-dead-center positions, the 
reciprocating parts move at approximately crank-pin ve- 
locity. When located at the crankpin, the "effective” iner- 
tia of the reciprocating mass is one-half the total recipro- 
cating mass [59,60], that is: 


where 

J r ~ reciprocating mass effective inertia to be located 
at crankpin, in.-Ib-sec 2 


W T — equivalent weight of reciprocating parts, lb 
R — one-half of piston stroke, in. 
g = gravitational constant, in,/ sec 2 

W r includes the total weight of purely reciprocating 
masses, such as the piston and crosshead; however, the 
weight of a connecting rod, which has one end attached 
to the crankpin and the other end attached to the recipro- 
cating element, is broken down into two components. One 
component is placed at the crankpin and is added directly 
to the rotary weight of the crankpin, and the other compo- 
nent is placed at the reciprocating end of the attachment 
and is added to W r in equation (16). The two weights 
representing the connecting rod are distributed so that 
the total connecting rod weight and its center of gravity 
are accurately represented [59,60]. 

The inertia properties of rotating masses attached to 
the crankshaft or shafting, such as flywheels and moment 
compensators, can be directly determined from equipment 
drawings. Also, such data are often available from the 
engine manufacturer. 

7.4 Determinatian of Natural Frequencies* The Holzer 
method of computing the natural frequencies of lumped 
spring-mass systems is a convenient procedure for de- 
termining the torsional natural frequencies of propulsion 
systems, whether turbine or diesel powered. To illustrate 
the computational procedures used, a turbine-driven ves- 
sel, modeled as shown by Fig. 34(6), and a direct-drive 
diesel, modeled as indicated by Fig. 35, will be analyzed. 

a, Geared-turbine drives* Referring to Fig. 34(6), 
typical values of system inertias and spring constants and 
calculations for the first torsional natural frequency of 
geared-turbine drives are given in Table 10. Since the 
principal source of excitation is the propeller at blade-rate 
frequency, following conventional practice the calculation 
is initiated by first assuming the resonant frequency of 
the system, in terms of the propeller rpm, and then calcu- 
lating the corresponding vibratory torque and torsional 
amplitude at the slow-speed gear (inertia J G ) in terms of 
the amplitude at the terminal end of each branch. For 
convenience, the amplitudes at the terminal ends of the 
three branches are initially assumed to be one radian. 
Since the three branches (propeller, LP turbine, and HP 
turbine) must have the same amplitude at the slow-speed 
gear, the amplitudes of the three branches can be ex- 
pressed as a function of the same unknown amplitude — 
for instance* the propeller — thereby obtaining the mode 
shape. The torques imposed on the slow-speed gear are 
then summed; if the sum is zero, a resonant condition is 
established* If the sum is not zero, the process is iterated 
until the sum is zero by assuming a different resonant 
frequency* 

The same procedure can be repeated to determine the 
remaining four torsional natural frequencies but, as pre- 
viously mentioned, only the first three modes would gen- 
erally be of interest. The mode shapes of the first three 
natural torsional frequencies are shown in Fig* 32. The 
node in the first mode is seen to be immediately abaft the 
slow-speed gear* The two turbine branches are tuned in 
the second mode such that the slow-speed gear is a nodal 
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LEGEND 


J K IKEHTI A 


INEBm 


K * Torsional Spring Constant* In-lb/rad 
2 

J * Eff active Inertia p Ito-ln-sec 


0 Moment Compensator fi 

1 Cylinder no. 1 7 

2 Cylinder no. 2 8 

3 Cylinder no, 3 9 

4 Cylinder no. 4 1U 

5 Cylinder no. 5 


Cylinder no. 6 

Moment compensator and oam drive 
Turning gear wheel 
Shaft flange 

Propeller and entrained water 


Rg. 35 Torsional vibration analysis model for a six-cyfinder direef'drive diesel engine 


Table 10 Determination of first natural mode of torsional vibration far a turbine-driven propulsion system modeled as 

shown by Fig. 34(b) 




Number of propeller blades — 6 

J ** in*-lb-sec 2 -s* I0 ft 
k - in -lb /rad + 10* 

Assumed propeller speed at resonance 
ei = 6(22.38) (2rr)/60 rad/sec 

— 22.38 rpm 



J 

J<± i 2 


8 

J(a 2 8 

JJo> 2 8 

k 


J, 

5.640 

1115 


i.oooo e L 

ills e L 

1115 8 l 

12,620 

0.0884 9, 

jL 

0.5412 

107.0 


0.9116 e L 

97.54 0 L 

1213 0 L 

4,083 

0.2971 9 l 

J? 

0.4038 

79.83 


0.6145 e L 





Ju 

0.7268 

143.7 


1.0000 6 a 

143.7 9„ 

143*7 0 H 

30,230 

0.0048 8ff 

Jl 0 

0.9013 

178*2 


0.9952 9„ 

177.3 e H 

321.0 8^ 

856 

0.3750 0 R 

4 

0.4038 

79*83 


0.6202 e H 





A 

0.5159 

120.0 


1.0000 9 P 

102.0 d P 

102.0 8 P 

98.1 

1.0393 8 P 

4 

0.4038 

79.83 


-0.0398 e P 

-3.177 9 P 

98.8 8 P 



Note that: 


$ L = (-0.0398/0.6145) 8 P = -0.06477 & P 
0 R = ( —0.0398/0.6202) 0 F = -0,06417 0 P 
Y Q = 1213 & L + 321.0 0 H + 98.8 0 P 
%Q = —78,57 0 P 20.60 8 P + 98.8 0 P 
^0^0; therefore a resonant condition 


point. The third mode is the one in which the slow-speed 
gear is the antinode with the terminal ends of the three 
branches being near nodal points. 

b. Diesel drives* The characteristics of a typical two- 
stroke, six-cylinder diesel engine are given in Table 1J* A 
model that can be used to conduct a torsional vibration 
analysis of that engine is illustrated by Fig- 35* A calcula- 
tion for the first mode of vibration, using the Holzer 
method, is given in Table 12. Unlike the case of geared- 
turbine drives, the calculation is usually begun by assum- 
ing the resonant frequency of the system in terms of 
radians per second or cpm. Next, an amplitude of one 
radian is assigned to the mass at the forward end of the 


crankshaft, and subsequent calculations are based on the 
reference mass amplitude, 0 O * The J^ 2 0 x column repre- 
sents the inertia torque of each mass relative to the refer- 
ence mass amplitude* 

The X Jj*) 2 0 x column represents the sum of the inertia 
torques of all preceding masses, and is the torque in the 
shaft immediately following the mass under consider- 
ation. Thus, when this torque is divided by the correspond- 
ing shaft stiffness, the incremental torsional deflection 
between masses, in radians, is determined. The incremen- 
tal torsional deflection is subtracted from the amplitude 
of the mass under consideration to obtain the angular 
amplitude of the next mass. A system resonant frequency 
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Table 1 1 Characteristics of a typical two-cycle. 

six-cylinder diese 

si engine 


Indicated horsepower 

IHP 

hp 

18,380 

Mean indicated pressure 

K 

psi 

261 



bars 

IS 

Brake horsepower 

BHP 

hp 

17,359 

Brake mean effective pressure 

BMEP 

psi 

246.5 



bars 

17 

Engine rated rpm 

N 

rpm 

74 

Engine rated torque 

Q, 

mAh 

14,784,000 

Piston cylinder bore 

B 

in. 

27.56 

Piston area 

A 

in* z 

596.6 

Engine stroke 

L 

In* 

105,28 

Crank pin turning radius 

R 

in* 

52*64 

Connecting rod length 


in. 

120.7 

Equivalent weight of reciprocating parts per cylinder (piston, X-head, con. rod) 
Effective inertia of reciprocating parts [see eq, (16)] 

Crankshaft rotational inert ia/cyl 


lb 

19,464 


Ib-ia-sec 2 

Ib-in.'Sec* 

69,791 

149,575 

Total rotational inertia per cylinder, J T -F 

A 

Ib-in.-sec* 

219.366 

Crankshaft: outside dia. 

D 

in. 

30.87 

inside dia. 

d 

ID* 

5,91 

Engine firing order 



l'5’3-4-2-6 


Table 12 

Calculotton of first mode of torsional vibration of diesel-driven propulsion 

system modeled as 

shown by Fig. 35 


t 

— in .-lb-sec* 

— in.-ib/rad 

- 10* 

* 10* 


Assumed system natural frequency: 

& = 25*64 rad /sec (24 4.8 cpm) 



Mass 
(Spring) 
Number, x 

J* 

•£»* 




K 

K 

a x 

y?a J^r8% 

^0 

0.038 

24*98 

1,0000 

24*98 

24.98 

20964 

0.0012 

0.02 

0.250 

1 

0,219 

143.97 

0.9988 

143*80 

168.78 

15924 

0.0106 

0*02 

1*436 

2 

0.219 

143.97 

0,9882 

142,27 

311.05 

15924 

0.0195 

0.02 

1,406 

3 

0.219 

143.97 

0.9687 

139*46 

451.51 

15924 

0.0284 

0*02 

1*351 

4 

0.219 

143,97 

0,9403 

135*37 

586.88 

15924 

0*0369 

0*02 

1*273 

5 

0*219 

143*97 

0*9034 

130*06 

716*94 

15924 

0*0450 

0,02 

1*175 

6 

0*219 

143,97 

0,8684 

123,58 

840.52 

20790 

0.0404 

0,02 

1.061 

7 

0,088 

57,85 

0,8180 

47.32 

887*84 

28090 

0*0316 

0,02 

0.387 

8 

0.069 

45.36 

0,7864 

35.67 

923*51 

644 

1.4340 

0.01 

0.140 

9 

0.008 

5,26 

— 0,6476 

-3.41 

920*10 

1613 

0.5704 

0,01 

0.011 

10 

1.149 

755.36 

-1,2180 

-920.03 

0*07 












£ = 

s.mdi 


is established when the sum of the oscillating torques 
developed by all masses, the 2 column, is zero; that 

is, when no external torque is required to sustain the 
vibration amplitudes. The same procedure is used to estab- 
lish the higher modes of system vibration [59,60]* 

7*5 Excitation Factors* Torsional vibrations in propul- 
sion shafting systems are principally excited by the pro- 
peller and, in the case of diesel-driven ships, the diesel* 
Reduction gears are manufactured with such accuracy 
that gear-tooth excitation is of negligible magnitude* The 
strength of the propeller alternating torque is influenced 
by a number of factors, including propeller loading, pro- 
peller aperture clearances, appendages that influence the 
flow of water to the propeller, number of propeller blades, 
hull lines, and hull draft. The propeller torque variation 
is often expressed as rQ, where r is the alternating torque 
as a fraction of the mean torque, Q. Generalization in this 
area must be used with care; however, typical ranges of 
blade-rate torque excitation for normal ship proportions 
are presented in Table 2. Propeller excitation of a fre- 
quency higher than blade rate {propeller rpm times the 
number of propeller blades) exists and occurs at multiples 
of the blade-rate order, but the higher orders are gener- 
ally of negligible magnitude. For additional details con- 
cerning torque excitation, see references 3 and 56. 


With the propeller excitation torque expressed as rQ , 
the energy 7 input, E ip , from the propeller per cycle of vibra- 
tion is [59]: 

E ip = 7T rQ$ p (17) 

where rQ is the alternating torque in inch-pounds and $ p 
is the propeller amplitude of vibration in radians. 

For diesel-driven ships, in addition to the propeller, the 
diesel is a source of torsional vibration excitation. The 
varying piston gas pressure and the inertia loads due 
to the cylinder reciprocating masses cause the diesel to 
produce a periodically varying torque that is related to 
crankshaft rotation. 

The periodic torque applied to the crankshaft of a diesel 
engine by the piston gas pressure can be analyzed in 
terms of the force per cylinder acting on the crankpin in 
a direction tangent to the crankpin turning radius* This 
periodic torque is commonly expressed as the tangential 
effort. A diagram can be drawn that traces the tangential 
effort acting on the crankpin, which is caused by the gas 
pressure (and is commonly stated per square inch of pis- 
ton area), through the working cycle of one cylinder. For 
a two-cycle engine, the working cycle is one revolution of 
the crankshaft, but for a four-cycle engine, the process 
repeats every two revolutions* 
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CRANK ANGLE, DEGREES FROM TOP DEAD CENTER 
Fig. 36 Full- power indicator card for the engine described in Table 11 


A tangential-effort diagram can be developed from a 
cylinder gas pressure indicator card where the cylinder 
pressure is related to the piston crankpin angle. Figure 
36 is a cylinder indicator card for an engine with the char- 
acteristics outlined by Table 11; the mean indicated pres- 
sure is 261 psi (IS bars). 

The cylinder tangential effort at any crankpin position 
is related to the cylinder gas pressure by a factor* The 
factor is a function of the ratio of the length of the con- 
necting rod to the crank radius and the angular position 
of the crankpin relative to the top-dead-center position 
[61]. Figure 37 is a tangential-effort diagram that was 
developed from the indicator card, illustrated by Fig, 36. 
The relationship between the mean indicated pressure, 
P mJ and the mean tangential effort, T mi shown in Figs* 36 
and 37, respectively, is 



- io ° 1 1 1 m \ i i i 1 1 1 1 1 1 1 1 1 h t 1 1 1 m 1 1 1 1 

0 30 60 IX> 129 156 lao 210 240 £70 -300 130 3$£> 


P m LAN, „ _ 2tt T m ARN 
396,000 ~ 396,000 


CRANK ANGLE, DEGREES FROM TDC 

(18) Fig. 27 Foil -power lartgenfial-efforf diagram [with harmonic components) 
developed from the indicator card shown by Fig. 36 


where 



P m _ mean indicated pressure, psi 
L — stroke of piston, in* 

E — crank radius = L/ 2, in* 

A = area of piston, in, 2 
N = crankshaft speed 

N w = number of working cycles per minute: N/2 for a 
4-cycle engine; N for a 2-cycle engine 

* 

A tangential-effort diagram caused by the cylinder gas 
pressure, TE gf can be represented by a Fourier series 
consisting of a constant term and a series of harmonically 
varying terms. The constant term is the mean tangential 
effort, T mj and does not excite torsional vibration* The 
harmonically varying terms, however, are the principal 
source of torsional vibration and do not contribute to the 
useful work output of the engine. 


A Fourier series representing the gas-pressure tangen- 
tial-effort diagram can be written as: 

TE g = T m 4- X (A^ si nn$ + B gn cosnft) (19) 

where A gn and B^ are the Fourier coefficients, 0 is the 
crankshaft angular position from top dead center* and n 
is the order number of the harmonic component The order 
numbers of the harmonics relate to the number of com- 
plete cycles that each respective harmonic completes per 
revolution of the crankshaft. Consequently, the engine 
speed (in rpm) for resonant harmonic excitation of any 
system natural frequency is determined by dividing the 
system natural frequency (in cpm) by the harmonic order 
number, n , of the engine excitation. For a two-cycle en- 
gine, where the tangential-effort curve is periodic every 
crankshaft revolution, there are only integer orders of the 
Fourier components* For a four-cycle engine, where the 
tangential-effort curve is periodic over two crankshaft 
revolutions, there are Fourier harmonic components of V 2f 
1, etc. orders* 
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Order 

No* 

1 

2 

3 

4 

5 

6 


Notes: 


Table 13 Diesel engine harmonic gas-pressure coefficients 


Engine Mean Indicated Pressure, bars 

Data (I bar = 14.5 psi) 


Item 

6 

8 

10 

12 

14 

16 

18 

TE fl 

78*25 

97*17 

119*74 

142.39 

167,76 

193*09 

223 61 

r* 

26,56 

28 62 

28.89 

28*88 

28,40 

27.94 

26.03 

TE« 

83*97 

100.68 

122.89 

145*96 

171*58 

197.83 

230.48 

y<n 

2.93 

3*18 

3.05 

2.83 

2.35 

1.91 

-0*14 

TEg, 

64.81 

76*64 

93.22 

110.50 

129.76 

149*50 

172 29 

y* 

“5*45 

-6.20 

-6*54 

-6*89 

“7*43 

“7.91 

-1Q.B2 

te m 

47.30 

56.08 

68.28 

80.92 

94.82 

109*01 

123 37 


— 10.50 

-11.98 

“12.66 

- 13.26 

“14.02 

-14*70 

— 17*50 

TEg, 

33*27 

39.54 

48*00 

56*71 

66.11 

75*63 

83.39 

•y*. 

— 19.24 

-21*82 

-22.80 

“23.63 

-24.60 

-25.46 

“28*93 

TE# 
l£ 

21.86 

-24.96 

25.89 

-28.42 

31.40 

-29.60 

37.02 

-30.62 

42.89 

-31,88 

48.75 

“33,02 

51.32 

“37.17 








'T ?: ^ ? or intermediate pressure values. For example* at a MIP of 15 bars, the third- 

order harmonic component of the tangential effort caused by gas pressure, equation (20), is: 


TE m si n{nB + = 139.63 sin(30 - 7.67) 


Equation (19) can also be written as: 

TEg = T m + 2 TE m sin(K0 + jgJ (20) 

where 

TE m = VZ|7+ B% 

Ban 

y S n = tan- 1 -f 1 

and the remaining symbols are as defined above. 

The procedure used to derive the Fourier series har- 
monic components of the tangential-effort diagram, equa- 
tion (19), is well known [59,61]* Six of the Fourier harmonic 
components are plotted in Fig* 37 for the tangential-effort 
diagram shown on the same figure. It can be seen that 
the six harmonic orders essentially sum to the original 
tangential-effort diagram with the axis being at the mean 
tangential effort, T m . Normally 12 to 24 harmonic orders 
are used to represent the tangential-effort diagram. The 
engine manufacturer can often provide data for the terms 
TE 9n and in equation (20) as a function of n , the har- 
monic order, and P ml the mean indicated pressure* Table 
13 is a portion of such data that maps the tangential-effort 
harmonic components for the two-cycle engine described 
by Table 11. The six harmonic orders shown in Fig. 37 
correspond to the data given in Table 13 for a mean indi- 
cated pressure of 18 bars* 

The second component of the alternating torque pro- 
duced by a diesel engine is the inertia loads imposed by the 
reciprocating mass of each piston assembly. A tangential- 
effort diagram for inertia loads and their harmonic compo- 
sition, can be determined analytically [54,59,61]* Nor- 
mally, only the first four orders of the inertia loads have 
a significant magnitude* Both two- and four-cycle engines 
contain integer orders only, and both are represented by 
a sine term only; there are no half-orders and no cosine 
terms. The expression for the alternating inertia load is 


TE in = 0.0000284 — — — H n sin(rc0) (21) 

where 

TE in — tangential crankshaft force, per square inch of 
piston area, caused by piston assembly, act- 
ing at the crankpin turning radius, psi 
H n = harmonic order coefficient 

— 0.25/ r H 3 = — 0.7 5/ r 

H z « -0.5 Ht = -0.25/r 2 
r — connecting rod iength/J? 

A, N, B ? W rf n f and 0 are as defined for equations (16), 
(18), and (19). 

To determine the total alternating torque for the first 
four orders, the gas-pressure and inertia tangential-effort 
harmonics must be combined* Above the fourth order, the 
gas pressure harmonics are predominant, and the inertia 
components can be neglected* To combine the gas and 
inertia tangential-effort components, the gas harmonic 
component must be stated in sine and cosine components, 
as in equation (19). The amplitudes of the sine components 
caused by the inertia forces, TE {nt and gas-pressure loads, 
A gnf are then added to obtain the total amplitude, A m > 
of the sine term. The total sine component can then be 
combined with the cosine term of the gas-pressure compo- 
nent, B gnt to obtain the resultant combined amplitude, 
and the phase angle, y gin , can be calculated from 
equation (20). 

The procedure used to combine the harmonic tangential- 
efforts caused by gas pressure and inertia forces is illus- 
trated by Table 14. It may be noted that in the example 
given the sine terms of the inertia components oppose 
those of the gas-pressure components such that the com- 
bined gas-inertia amplitude, TE gini is less than that of the 
gas pressure, TE gn , alone* 

For the first four harmonic orders, the maximum alter- 
nating torque per cylinder at order n, Q n , is determined 


398 


MARINE ENGINEERING 


Table 14 Procedure for combining gas 


Engine full power; 
mean indicated pressure 
brake mean effective pressure 
friction mean effective pressure — — BMEP 

rotational speed 
first-mode resonant frequency 

Harmonic order 

Resonant engine rpm = f t fn 

Engine mean indicated pressure at N e 

Maximum amplitude of gas-pressure tangential effort 

Phase angle of gas-pressure tangential effort harmonic 

Sine term; 

gas-pressure amplitude 
inertia amplitude 
total - + TE in 

Cosine term: 

gas-pressure amplitude 
Combined amplitude 


p m 

bars 

18 




BMEP 

bars 

17 




FMEP 

bars 

1 




N 

rpm 

74 




fi 

cpm 

244.8 




n 


3° 

4 

5 

6 

n € 

rpm 

81.6* 

61.2 

49.0 

40.8 

P 

bars 

18 c 

12.6* 

8.5 

6.2 

rip t 

psi 

172.29' 

85.09 

41.66 

22.26 

y pn 

deg 

— 10.32' 

-13.49 

-22.07 

—25.31 

4 






Ap 

psi 

169.50'* 

82.74 



T£ in 

psi 

— 106.23? 

-8.68 



A 

psi 

63.27 

74.06 




Combined amplitude phase angle 


JW* 


psi 

psi 

deg 


-30.86* 

70.39 1 

26.00 1 


— 19,85 
76.67 
15.00 


11 The first two harmonic orders are more than 40% above the engine rated spe4d and are of no concern. 

h All harmonic exciting frequencies below 140% of rated engine speed should be evaluated. The major-order critical frequency should 
occur at least 40% above the maximum continuous rated rpm for arrangements with "under critical* 1 operations. 
f The engine mean indicated pressure is often assumed to remain constant, at the maximum rating, above rated speed. 
d Specific plant data should be used. When unavailable, as an approximation: 


From Table 13. 
-'"From equation (20): 


a- 


4 




1 + tan 3 


P mc = BUEP(NJNf + FMEP 


3 From equation (21), with data from Table 11. 
* From equation (20), B m *= A m 




J 7 gin = tan' 1 


from the combined gas and inertia tangential-effort maxi- 
mum amplitude, TE^ as follows: 

Qn=AR (TEgiJ (22) 

For the fifth and higher harmonic orders, only the gas- 
pressure forces need be considered; therefore 

Q n - AE (TE gf ) (28) 

Equations (22) and (28) are used to determine the alter- 
nating torques per cylinder, which can be summed to de- 
termine the combined effect of ail cylinders. In a linear 
elastic system, the motions produced by two or more sets 
of periodically varying forces acting simultaneously are 
equal to the sum of the motions that would be produced 
by the separate forces acting alone, recognizing the phase 
relationships between the different components. Follow- 
ing this principle, each torque harmonic order induces in 
the system a forced torsional vibration of its respective 
frequency; consequently, the motion of the shaft is the 
summation of as many harmonics as are present in the 
applied torque. However, in genera!, only when the fre- 
quency of a harmonic order coincides with a natural fre- 
quency in the shafting system is the amplitude of the 
vibration response significant. 

The work, W cni done by the cth cylinder of an engine at 
order n can be expressed as [59]: 


W m -wQ n 9'UnP M (24) 

where 

Qn = harmonic torque of a cylinder at order n t from 
equation (22) or (23) 

0 C = amplitude of vibration of cth cylinder for mode of 
vibration being analyzed 

fi n = phase angle between cylinder harmonic torque 
vector, Q nt and amplitude vector, & c 

Q n has the same magnitude for all cylinders since all 
cylinders nominally fire equally; however, the phases are 
different because all cylinders do not fire at the same time. 
At resonant vibration conditions, the amplitude vectors, 
of all cylinders are in phase since all cylinders vibrate at 
the same frequency and go through zero amplitude at the 
same instant. However, the magnitude of the B e vector 
is different from cylinder to cylinder, depending on the 
normal elastic curve of vibration for the mode being ana- 
lyzed. The frequency of the two vector rotations Q n and 
6 C is n times the crankshaft rotation and equals a natural 
vibration mode of the system. 

To obtain the work of all engine cylinders at a given 
resonant mode of vibration, it is necessary to determine 
the resultant of all the B c amplitudes and the phase angle 
between that resultant and the Q n vector. At resonance, 
the resultant phase angle is 90 deg, which makes the input 
work a maximum sin# = 1); therefore, the total 
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VECTOR SUM, 0 04490, ■■ 0*09740. 0.25360, HQS74B, 0.04490. 5.$57&a 

ZQ Ct FOR FIRST- MODE 
NATURAL FREQUENCY* 


" THE CYLINDER amplitude values used to determine THE VECTOR SUMS WERE OBTAINED FROM table 12. 
e. I a THE REFERENCE MASS AMPLITUDE f SEE NATURAL FREQUENCY CALCULATIONS, TABLE 1 2 ) 

Fig. 38 Cylinder phase diagrams vumii excitation order and firstrnode vector sums for the propulsion iyitem described by Table* 11 and 12 


engine input work per cycle, E& at a resonant frequency 
of order n is [59]: 

E ie = irQ n Z9 c (25) 

where 1 is the vector sum obtained by adding vectors 
with the phases of the cylinder torques, Q nf and the magni- 
tudes of the cylinder vibration displacements, 0 C . 

Figure 38 shows the crankshaft angle diagram and fir- 
ing order, as well as the phase diagrams for 18 orders of 
excitation, for the two-cycle engine described by Table 11. 
The phase angles between the $ c vectors depend upon the 
crank arrangement, its firing sequence, and the harmonic 
order number. The phase diagram is developed by assum- 
ing that the number 1 cylinder is at top dead center at its 
firing position; this is the zero phase angle. The phase 
angle of the 0 € vector corresponding to the cth cylinder is 
found by multiplying the number of degrees the crank 
must be rotated to fire that cylinder by the order number 
being investigated. As an example, the fifth-order location 
of the number three cylinder is found by observing that 
the number three cylinder must rotate 120 deg to the TDC 
firing position. The fifth-order vibration vector would ro- 
tate 5 x 120 or 600 deg during this period. Six hundred 
degrees from the TDC firing position measured counter 
to shaft rotation locates the number three cylinder vector 
at 240 deg counterclockwise from the number one cylinder 
firing position, as shown in Fig. 38. Note that with two- 
cycle engines the angle of rotation to bring a cylinder to 
firing position is the same as the crank angle rotation to 
bring that cylinder to the TDC position. With a four-cycle 
engine, the angle to fire may be the crank angle plus 360 
deg. 

As illustrated by Fig. 38, a phase diagram can be con- 
structed that defines the phase relationships between the 
cylinders as a function of order. A length is assigned to 


each vector that is equal to the amplitude of vibration of 
that mass, which is taken from the mode shape of the 
mode of vibration being analyzed. The six cylinder ampli- 
tudes, through 0 6 , are applied to the vector lengths in 
the phase diagrams and summed. As an example, for the 
major order 6, the phase diagram shows all six vectors 
are in phase; therefore, the vector sum is obtained by 
adding the vector amplitudes. For the first-mode fre- 
quency, the sum is 5.6578 

If all cylinders do not fire equally, as would be the case 
if the injection of fuel was not uniform for all cylinders, 
then the Q n value would not be the same for all cylinders. 
The effects of this condition can be analyzed by determin- 
ing the Fourier components of the tangential effort pro- 
duced by the misfiring cylinders. When the Fourier com- 
ponents for all cylinders are known, the vector sum of the 
input work per cycle from all cylinders can be calculated 
from equation (25). 

7.6 Damping. There are several sources of damping 
that control the maximum attainable amplitude of tor- 
sional vibration; one of the most important is the propeller, 
particularly in the first mode. For second and higher 
modes of vibration, damping within the system caused by 
elastic hysteresis, sliding fits, and friction elements can 
be important if these modes of vibration are excited in the 
operating range of the system. This is particularly true 
for diesel-driven ships. 

Propeller damping can be determined in several ways 
[53,55,63]. In general, the propeller damping coefficient 
can be expressed as 

b = KQ/n (26) 

where 

b = propeller damping coefficient, in.db-sec/rad 

K — a constant 
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Q = mean propeller torque, in.4b 
H — rotative speed of propeller, rad/sec 

If propeller model test data are available, it may be 
convenient to use the relationship 

(27) 

where s is the propeller slip. 

If the propeller data are given in the form of /, K Q 
curves: 


K = 



(28) 


If given in the form of a Troost diagram (B pf &) as in 
reference 1: 



As an approximation for many propellers, K = 3.7 to 
4, which may be used in the absence of other data- A value 
of 4 corresponds to a damping constant that is double the 
slope of the torque-speed curve. In all cases the deriva- 
tives are computed at the operating point of the propeller 
by taking the ratio of small differences in dependent and 
independent variables, moving along a constant-pitch line. 

The energy loss via the propeller per cycle of torsional 
vibration can be written as 

E dp = 7T b<*6% (30) 

where 

a) — circular frequency of vibration, rad/sec 
0 P “ amplitude of propeller vibration, radians 
b — as defined for equation (26) 

Energy is also dissipated as a result of elastic hysteresis 
in the shafting, sliding fits, etc. The elastic hysteresis 
energy loss per cycle is a function of the material and 
stress level. Damping from sliding fits is very difficult to 
estimate. Even for identical machinery, it will vary from 
one unit to another. The degree of energy loss per cycle 
varies with clearances, oil viscosity, and the amount of 
lateral motion the moving part has within the fit. How- 
ever, for general guidance, the internal damping vibrator}" 
energy loss per cycle is frequently estimated to be be- 
tween 1 and 5% of the total system vibratory energy. 
The energy dissipated because of internal damping can be 
expressed as [55]: 

E di = 2 1 aj z »•$* (31) 

where 

a x - fraction of energy dissipated at mass x 
J x = moment of inertia of mass ar, Ib-in.-sec 2 
6 X = amplitude of vibration of mass x f radians 

The damping action of the turbines in geared-ttirbine 
drives would generally be expected to be of secondary 
importance especially in modes where the turbines have 


small relative amplitudes; however, it may warrant as- 
sessment under some circumstances. The energy dissi- 
pated due to turbine damping can be expressed as 


E dt = ^ £o>0? (32) 

where 

c — turbine damping constant, which can be approxi- 
mated as the ratio of turbine torque to turbine 
rpm at the speed corresponding to the point un- 
ir study, in .-lb-sec /rad 

0 ( — amplitude of vibration of turbine rotor, radians 

If damping is introduced into the vibration calculations, 
the computational procedure is modified considerably. An 
external source of damping, such as that at the propeller 
or turbines, introduces an external moment of — jbu>6 on 
the respective mass concentration; and internal damping, 
such as shafting hysteresis, between two masses is equiv- 
alent to Changing a spring constant A: to a complex spring 
constant 


k = k(l + jal2ir) (33) 

where a is the fraction of the elastic energy absorbed by 
the damper [54]. 

Calculations that incorporate damping as just indicated 
are somewhat tedious; an alternative procedure is to com- 
pute the effect of damping at resonance only by equating 
input energy to damping energy. 

7.7 Vibratory Torque Calculations. In many cases, the 
torsional vibration characteristics of a shafting system 
can be shown to be satisfactory in the design stage with 
only a computation of the system natural frequencies and 
without predicting vibratory torques and amplitudes. Nor- 
mally this is possible when a comparison is made with a 
similar system that has proven satisfactory" in service. For 
designs where the system natural frequencies, vibratory 
excitation, or anticipated system operation may cause con- 
cern, however, an investigation of the magnitude of the 
vibratory torques and stresses is necessary. 

In order to establish the vibratory torques and stresses 
in a vibrating system, the amplitudes of vibration of the 
system masses must be established so that the twist in 
the interconnecting shafts (springs) can be determined. In 
a system vibrating at resonance, the amplitude of vibra- 
tion increases until the damping work per cycle of vibra- 
tion is equal to the input work per cycle of vibration. 

a. Geared -turbine drives. A geared- turbine drive, 
with accurately cut gears, is excited torsionally only by 
the propeller. Also, in the first mode, internal damping 
and turbine damping can be ignored without a significant 
loss of accuracy. Therefore, the propeller excitation en- 
ergy, equation (17), can be equated to the propeller damp- 
ing energy, equation (30): 

E ip = Ed P 
t rrQ 6 p — wboy0 p 

By substituting 4 Q/£l, equation (26), for the propeller 
damping coefficient and letting & = Z£l } where Z equals 
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the number of propeller blades, the maximum propeller 
amplitude, $ pt is 


r 



The maximum amplitude of propeller vibration can be 
determined from the foregoing expression. The normal- 
ized mode shape determined from the system natural fre- 
quency calculation, Table 10, can then be used to assess 
the vibratory torque at resonance at any element of the 
system. The alternating torques in the quill shafts be- 
tween the high-speed gears and low -speed pinions are usu- 
ally the largest from a relative viewpoint; consequently, 
it is customary to analyze these elements when investigat- 
ing the possibility of torque reversals. 

As an example, referring to the calculation in Table 10, 
with a propeller excitation, r, equal to 3% of the mean 
propeller torque, the alternating torque, q, in the low- 
pressure quill shaft in the first mode of torsional vibration 
would be: 

q = 1213 $ L X 10 6 
q = 1213 (0.06477 $ J x 10 s 
q = 78.57 (r/42) X 10 6 
q = 98,210 in.-lb 

This is the torque in the low-pressure quill shaft re- 
ferred to line-shaft speed. With a second-reduction ratio 
of 7.5, the actual vibratory torque in the quill shaft will 
be 98,210/7.5 or 13,090 in.-lb. The mean operating torque 
corresponding to the resonant frequency can be approxi- 
mated by determining the rated propeller torque (the 
torque corresponding to 22,000 shp at 115 rpm) and as- 
suming that the propeller torque varies as the square of 
the propeller rpm; therefore, the mean operating propeller 
torque at the resonant frequency is estimated to be 

Q = [{63,025)(22,000)/115] [22.38/115] 3 

Q = 456,630 in.-lb 

In this particular case at the resonant frequency, the low- 
pressure turbine develops 55% of the total power deliv- 
ered to the propeller, and the mean torque in the low- 
pressure branch at resonance is determined to be 33,490 
in.-lb whereas the vibratory alternating torque is esti- 
mated to be 13,090 in.-lb; therefore, torque reversals in the 
low-pressure train at the first resonant mode of torsional 
vibration are not expected. The vibratory stress in the 
quill shaft can be calculated using the alternating torque 
across this shaft of 13,090 in.-lb. 

b. Diesel drives. As with turbine drives, the propel- 
ler is the principal means of system damping in the first 
mode of diesel shafting systems. However, in the follow- 
ing discussion concerning the amplitude of vibration and 
the resulting stress levels in a diesel propulsion system, 
internal damping will be considered to evaluate its effect 
The vibratory work input per cycle from a diesel engine 
is given by equation (25). The 1 $ c term in equation (25) 
is obtained from Fig, 38. This term establishes the order 


that provides the maximum energy input per cycle. In the 
first mode, when all engine cylinders have essentially the 
same amplitude, the “major orders" are the principal or- 
ders to investigate. For a two-cycle engine, the major 
orders are integral multiples of the number of cylinders, 
and for a four-cycle engine they are integral multiples 
of one-half the number of cylinders; however, the major 
orders do not always cause the most severe vibration. 

Figure 38 shows the major orders to be dominant. In 
this case, the major orders are over 20 times larger than 
the vector sum of any other order. For the sixth-order, 
the alternating torque per cylinder, Q ni can be determined 
from equation (23) and Tables 11 and 14 as 

Qn = AR{TE g J (23) 

= (596,0X52.64X22.28) 

= 699,100 in.-lb 

The vector sum X 0 C for the sixth order is obtained from 
Fig. 38, and the engine input work per cycle becomes 

E* = *Qn X 0 C (25) 

= 7T (699,100X5.0578)0, 

= (12.43 X 10*) 0 O in.-lb 

The propeller damping work per cycle, which is the 
principal source of damping in the first mode, can be com- 
puted using equation (30). The propeller damping coeffi- 
cient is calculated from equation (26), assuming that K = 
4 and Q is proportional to the propeller rpm squared. With 
the rated torque given by Table 11: 

/40.8V 

4 —I (14.784 x 10*) 
b - ^ \ = 4.21 X 10* 

2ir 

60 (4 °' 8) 

The propeller amplitude and first mode natural frequency 
are given by Table 12; therefore 

E dp — t r bo>0 z p (30) 

E dp = 7T (4.21 X 10 s ){25.64)(~1.2 18W 

= (503.1 x 10 s ) *8 in.-lb 

With the fraction of internal energy dissipated, as 

indicated in Table 12 for the various masses, the internal 
damping per cycle of vibration can be calculated and 
summed as shown in Table 12, that is: 

= (31) 

= (8.490 X 10 6 ) 6% in.-lb 

The absolute amplitude of vibration at the first-mode nat- 
ural frequency, when excited by the sixth-order excita- 
tion, can be found by equating the engine input work per 
cycle to the sum of the propeller damping and the internal 
system damping, that is: 
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— Edp + Bat 

(12.43 X 10 e ) 0 O - (503.1 X 10 s ) &l + (8,490 X 10 s ) *f 




12.43 X 10 s 

rr^ — 0.0243 radians 

511-6 x 10* 


In this mode the most highly stressed element in the 
shafting system is the line shaft (spring constant k s in 
Fig* 35 and Table 12), The vibratory torsional stress in the 
line shaft can be determined by calculating the torsional 
deflection of the line shaft, multiplying the line-shaft de- 
flection by the line-shaft spring constant (which equates 
to the vibratory torque in the line shaft), and dividing the 
torque by the line-shaft section modulus* Referring to 
Table 12, the line-shaft deflection is 


= \0 B - = | — 0,6476 0 O - 0*7864 0^ 

= 1*4340 0 O 

With a line-shaft spring constant, k& of 644 X 10* in.-lb/ 
rad, and a reference amplitude, 0 O , of 0*0243 radians, the 
line-shaft sixth-order vibratory torque is 

= [(1.4340)(0*0243)](644 x 10 e ) = 22,44 x 10 s in.-lb 

(The same result can be obtained more directly by multi- 
plying 0g by the 2 term in Table 12,) The diameter 
of the line shaft is 21*5 in., which provides a section modu- 
lus of 1951 in. 3 ; therefore, the vibratory torsional stress 
is 1 1,500 psi, a value sufficiently high to be of concern. 

7*8 Acceptable Limits far Torsional Vibration. As a 
general guideline for double-reduction geared systems, 
untuned resonant frequencies of torsional vibration 
should not occur in the range of 60 to 1157* of rated rpm; 
however, this broad guideline does not ensure satisfactory 
torsional vibration characteristics. Furthermore, there 
may be satisfactory operational systems that this limita- 
tion would exclude* Such being the case, the details of each 
particular shafting system must be analyzed to ensure 
satisfactory performance. 

Specific acceptance criteria for torsional vibration in 
ge are d-tur bine propulsion systems are generally gov- 
erned by two considerations: (1) limiting fatigue stresses 
within the system to safe values, and (2) avoiding torque 
reversals in the reduction gear elements by ensuring that 
alternating torques within the reduction gear engage- 
ments do not exceed the continuous torques. Generally, 
these criteria can be satisfied by the appropriate selection 
of the number of propeller blades, propeller design details, 
reduction gear design details, and the shafting diameters. 

For gear-driven propulsion systems, the classification 
societies normally require a barred speed range, indepen- 
dent of stress level, if the system has a resonant fre- 
quency that causes gear-tooth chatter during continuous 
operations. 

Torsional vibration in diesel-driven propulsion systems 
can lead to damage or failure of propulsion elements, 


such as the shafting, crankshaft, gears, and couplings. 
Consequently, the classification societies require tor- 
sional vibration calculations to be submitted and also re- 
quire verification by measurement. The classification soci- 
eties prescribe criteria that govern stress limits for 
vibratory torsional stresses [15]; the criteria typically stip- 
ulate an upper limit for torsional stresses that occur dur- 
ing continuous operations f but also allow transient opera- 
tions, below a higher torsional stress limit, as necessary 
to pass through a torsional critical frequency that occurs 
below 80%*of rated speed. A band of propeller speeds, 
extending above and below the critical speed, is specified 
that forms the "barred speed range." Figure 39 illustrates 
the barred speed range for the propulsion system used 
for the calculations outlined in Table 12* Barred speed 
ranges are usually not permitted above 80% of rated speed 
[15]. , 

For ships that have direct-drive diesels located aft, the 
torsional'characteristics of the propulsion system are gen- 
erally dominated by a resonance of the first mode that is 
excited by a major order of the engine. For two-cycle 
engines the major orders are multiples of the number of 
cylinders, and for four-cycle engines they are multiples of 
one-half the number of cylinders. The number of cylinders 
in the engine selected is, therefore, an important consider- 
ation in the design of the propulsion shafting system. 
Where an unacceptable critical frequency occurs in the 
operating range, there are basically three approaches that 
can be taken to achieve satisfactory propulsion system 
operation [64]; 

L Lower the critical frequency. This can be accom- 
plished by decreasing the shafting diameter, as per- 
mitted by the regulatory bodies, or by adding a 
tuning wheel to the engine crankshaft* While this 
approach will normally reduce the severity of the 
critical frequency, a barred speed range will usually 
be necessary. 

2. Raise the critical frequency* This can be accom- 
plished by increasing the shafting diameter. The 
objective is to shift the major-order critical fre- 
quency at least 40% above the operating range, A 
barred speed range would be avoided, but the shaft- 
ing would be very stiff* When large-diameter shaft- 
ing is used, the alternating propeller thrust that is 
induced by torsional vibrations, and the resulting 
effects on the hull structure, requires a rigorous 
analysis. 

3, Install an engine torsional vibration damper. The 
objective would be to reduce the torsional vibratory" 
stresses to an acceptable level. However, satisfac- 
tory operation of the propulsion system would be- 
come dependent on the reliable operation of the tor- 
sional damper. 

Of the three alternatives, the first is generally the least 
expensive and is preferred, if practical. 

Couplings with a low torsional stiffness can be used to 
decouple vibrating components in a mechanical system. 
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Torsionally flexible couplings are often used to shift a 
system natural frequency low in the operating range in 
arrangements where a power takeoff is driven by a s low- 


speed diesel, and such couplings are also used on the 
output shafts of medium-speed diesels that drive the pro- 
pulsor through a reduction gear [60,61,64]* 


Section 8 

Longitudinal Vibration 


8.1 Introduction, Severely objectionable longitudinal 
vibrations in shafting systems were not encountered until 
the advent of several classes of large naval vessels in 
early 1941. Reference 65 contains a description of the 
difficulties experienced with these ships and also presents 
the most thorough treatment of longitudinal vibration 
that has been prepared for steam-turbine-driven ships* 
The works of Panagopulos [56], Rigby [66], Coachman 
[67], and others add to the knowledge on the subject, yet 
the fundamental problem areas remain as those identified 
by Kane and McGoldrick in reference 65, 

The principles set forth by Kane and McGoldrick are 
primarily oriented to turbine-driven ships; however, the 
principles are equally applicable to diesel-driven ships* 
The treatment of the shafting, thrust bearing, and founda- 
tions is directly applicable; and the engine crankshaft can 
be modeled as masses and springs and analyzed as out- 
lined in reference 65* An axial vibration resonance can 
cause high crankshaft stresses in a diesel engine and can 
result in large axial forces going into the thrust bearing; 
consequently, they are to be avoided. 

The axial stresses in line and propeller shafting associ- 
ated with even the most violent instance of longitudinal 
vibration are not sufficiently large to induce failures in 
the shafting itself; nevertheless, longitudinal vibration 
can produce effects that are destructive to engine room 
equipment. Shafting systems having longitudinal vibra- 
tion characteristics that are resonant with diesel engine 


or propeller blade-rate frequency forces produce a signifi- 
cant magnification of the exciting forces. Such a force 
magnification can result in such deleterious effects as: 

(a) Accelerated wear of gears, flexible couplings, 
thrust bearings* etc., and destruction of main engine clear- 
ances because of the increased relative axial movements, 

(b) Large vibration amplitudes and stresses in attach- 
ments to the main engine, condensers, and main and auxil- 
iary machinery, which can ultimately result in fatigue 
failure. 

( c ) Cracks in foundations and hull structures. 

Axial vibration issues should be considered by the en- 
gine builder and ship designer during the preliminary de- 
sign stage. In addition to the variations in thrust caused 
by irregularities in the propeller wake field, consideration 
must also be given to the induced propeller thrust forces 
resulting from propeller torsional vibration, and, for die- 
sehdriven ships, the forces from coupled axial and tor- 
sional vibration of the diesel engine and the variable axial 
forces emanating from the diesel engine crankshaft. 

8*2 Determination of Natural Frequencies There are 
basically three approaches that may be taken to determine 
the natural frequencies of longitudinal vibration. The first 
approach would be to use a simplified method for the 
purpose of quickly assessing a situation* Approximate 
methods suitable for investigating the first mode of vibra- 
tion are given in references 56 and 65* 
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Mp * mass af propeller, 227 lb-sec*/ in 
Mg = moss cf gears, J4? l&-see*/ifl 
M c * moss of fnachiot ry, 787 itj-set*/in 
m f - moss of larger (outboard) shafting, 3 0 1 lb-sec z /in 
m 2 ~ moss of smaller (inboard) shafting, 3Cfi lb-sec 2 /in 
k, - spring constant of larger (outboard) shotting, 

2Q 3 x 10* lb /in 

kg = spr ing constant of smaller [inboard! Shafting, 

5$ x >0 6 ib/in 

^tb = thrust bearing spring constant, 7i lO* lb/in 
kf = thrust bearing foundation spring constant, lb/in 
2 - number of propeller blades, 8 

Fig. 40 Representation of a geared turbine propulsion shafting system 
[Fig, 1) for o longitudinal vibration analysis 

A second approach is to model the shafting system as 
discrete masses and springs and use the Holzer method to 
determine the system natural frequencies. The accuracy 
obtained with a discrete spring-mass model depends upon 
the technique used to establish the masses that are used 
to represent the shafting system, 

A third approach is the mechanical impedance method, 
as proposed by Kane and McGoldrick [65]. This method is 
inherently more accurate than the Holzer method since 
the weight of the shafting is considered to be distributed; 
however, the impedance method has the slight disadvan- 
tage of being somewhat more complex and difficult to 
grasp. For illustrative purposes, a calculation of the natu- 
ral modes of longitudinal vibration of the shafting ar- 
rangement shown in Fig. 1 has been made using the me- 
chanical impedance method. Figure 40 is a model of the 
shafting arrangement, which is suitable for analysis by 
the mechanical impedance method. It may be noted that 
the difference in the diameter of the inboard and outboard 
shafting is taken into account; in general, especially with 
short spans of shafting, this additional degree of accuracy 
is not warranted. 

The majority of the system parameters are directly cal- 
culated from the system scantlings and, therefore, there 
is no difficulty in establishing their values. However, the 
assessment of several of the system parameters can be 
nebulous. For example, the determination of the water 
entrained with the propeller does not lend itself to an 
accurate calculation, but as a first approximation, the en- 
trained water weight may be assumed equal to 60% of the 
propeller weight. The results obtained from the experi- 
mental work of Burrill and Robson [58] are widely used 
in estimating propeller entrained water, and reference 
65 suggests other approaches. Parsons and Vorus [62] 
provide an analytically derived estimate of the added mass 
of marine propellers when vibrating as a rigid body. 

The behavior of longitudinally flexible couplings, which 
are affected by the friction between mating surfaces, in 
connection with vibratory movements similarly cannot be 
stated with certainty. The consequences of the response 


of flexible couplings to vibratory loadings, aside from the 
effect on the couplings themselves, is not great when 
the thrust bearing is located well forward. But when the 
thrust bearing is located aft and there is an appreciable 
vibratory amplitude at the couplings, the effect of flexible 
coupling behavior can be significant. For a detailed discus- 
sion of the response of flexible couplings to vibratory 
loadings and the complications involved, see references 
65 and 67. 

Some machinery liquid and foundation weight partici- 
pates with tke shafting system when vibrating longitudi- 
nally as a consequence of being near the main thrust 
bearing, but assigning a magnitude to these quantities 
entails numerous uncertainties. An assessment of the ma- 
chinery mass, to be included in the calculations re- 
quires judgment, which must be based on the specifics 
of each system. In instances where the shafting spring 
constant aiid the propeller mass are the major determi- 
nants of tbfe first-mode frequency, the machinery mass 
has a small participation; consequently, an accurate as- 
sessmant of its magnitude is not important. On the other 
hand, the machinery mass is expected to have a significant 
participation when the foundation stiffness is a major 
determinant of the first-mode natural frequency and in 
the second mode, in which cases a more accurate assess- 
ment of the machinery mass is required. In general, the 
first-reduction gear rotating elements, gear casing, tur- 
bines, condenser, foundation structure, or portions 
thereof may be included as machinery mass. Reference 
65 provides guidance in the assessment of the machinery 
mass for turbine-driven ships. Reference 68 contains an 
interesting approach concerning the treatment of machin- 
ery masses in that the center of gravity of a portion of 
the machinery mass is displaced from the shaft centerline 
and given a leverage ratio relative to the centerline of the 
shaft. 

The spring constant of the thrust bearing, k may be 
considered to consist of three components; the spring con- 
stants of the thrust-bearing housing, the thrust collar, 
and the thrust elements (or shoes). Aside from the tedious 
calculations, no difficulty is experienced in calculating the 
spring constants of the thrust-bearing housing and collar 
inasmuch as the majority of the deflections are due to 
shear and can be estimated on the basis of well established 
techniques. But the spring constant of the thrust elements 
can be difficult to evaluate because of the oil film and the 
supporting configuration of the shoes. In the absence of 
more specific information, the data given in reference 65 
may be used for guidance in establishing the stiffness of 
thrust elements. However, a more accurate assessment 
of the thrust-shoe stiffness can be obtained by modeling 
the shoes using a finite-element procedure. 

The determination of the thrust-bearing foundation 
spring constant can be a difficult and nebulous undertak- 
ing even for an experienced analyst. The foundation stiff- 
ness is determined by estimating the deflection at the 
thrust bearing along the shaft centerline due to: 

(ff) Shear deflection of the thrust-bearing foundation 
structure. 
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Fig, 41 Effect of lhru$t bearing foundation stiffness an longitudinal reso- 
nant frequencies. 


(6) Bending deflection of the thrust-bearing founda- 
tion structure. 

(c) Hull bottom longitudinal deflection. 

(d) Deflection at shaft centerline resulting from rota- 
tion (flexural bending) of the hull structure. 

The model used to analyze the thrust-bearing founda- 
tion stiffness can take several forms, depending upon the 
analytical procedure to be used and the information avail- 
able concerning the structural details. One model that has 
been used is based on a fore-and-aft strip through the 
ship bottom structure that includes the thrust-bearing 
foundation and the longitudinals that transmit the thrust 
load into the hull structure. The strip is assumed to be 
supported at the forward and after engine room bulk- 
heads. The strip may extend abaft of the aft engine room 
bulkhead if the structure there effectively contributes to 
the thrust-bearing foundation stiffness or if that struc- 
ture effectively restrains rotation (flexure) of the bottom 
structure in way of the thrust bearing. Reference 2 con- 
tains a discussion of the techniques used to calculate the 
main thrust-bearing foundation stiffness. 

Longitudinal vibration calculations are frequently con- 
ducted such that the natural frequency is expressed in 
terms of the thrust-bearing foundation stiffness. This pro- 
cedure permits a judgment to be made concerning the 
degree of accuracy required for the thrust-bearing foun- 
dation stiffness calculation. In many cases, an approxi- 
mate procedure that understates the actual foundation 
stiffness is found to provide sufficient accuracy. 

Table 15 contains a calculation for the first and second 
resonant modes of longitudinal vibration of the shafting 
system modeled as shown in Fig. 40. Table 15 is based 
upon the mechanical impedance method described in refer- 
ence 65 and is arranged such that the resonant frequen- 
cies can be plotted in terms of the thrust-bearing founda- 
tion stiffness. Figure 41 is such a plot and indicates the 
accuracy required of the thrust-bearing foundation stiff- 
ness calculations. In some instances t as may be the case 


with a ship having a very short run of shafting, an inspec- 
tion of the thrust-bearing foundation drawings may be all 
that is required to provide assurance that the resonant 
modes of longitudinal vibration will be well dear of the 
operating range. On the other hand, lengthy and sophisti- 
cated thrust-bearing foundation stiffness calculations 
may be required in order to ensure that ships with long 
runs of shafting have satisfactory longitudinal vibration 
characteristics. 

The longitudinal vibration characteristics of ships 
driven by diesel engines are analyzed using the same ana- 
lytical approach. The engine crankshaft can be modeled 
as a series of masses (one for each piston throw) and 
springs that represent the longitudinal stiffness of the 
crankshaft between pistons. The mass and stiffness val- 
ues representing the crankshaft can be developed from 
engine drawings. Engine manufacturers provide this in- 
formation for shafting system development 

8.3 Vibration Reducers. In cases where design con- 
straints make it impossible to design a shafting system 
such that It is free of objectionable frequencies of reso- 
nant longitudinal vibration, use may be made of a “vibra- 
tion reducer." Briefly, vibration reducers are thrust bear- 
ings, that are modified so that the thrust pads are 
supported by hydraulic pistons, as illustrated by Figs. 20 
and 21. The volume of oil supporting the thrust pads and 
the connecting piping can be sized to alter the thrust- 
bearing spring constant, system effective mass, and 
damping to avoid objectionable resonant frequencies. 

A schematic design of a vibration reducer system is 
illustrated by Fig. 21. The major elements establishing 
the characteristics of a vibration reducer are the oil flask 
volume and the piping size and length between the thrust 
bearing and the flasks. Reference 33 provides details con- 
cerning the design approach used to size these compo- 
nents and control the thrust vibration at the thrust bear- 
ing. A complicating factor when using vibration reducers 
is the necessity to add or remove oil from the oil flasks to 
keep the thrust pistons from bottoming out. As shown 
schematically in Fig. 21, a valve controlled by the thrust 
collar position adds or dumps ol! from the active system. 
A supply of oil at adequate pressure must be available. 

Analytical results and experience confirm that vibration 
reducers can be very effective in lowering the alternating 
forces at the thrust bearing and the vibratory amplitudes 
in the engine space, In general, reductions greater than 4 
can be achieved. 

8*4 Excitation Factors. Longitudinal vibration of pro- 
pulsion shafting systems is often excited by the variable 
thrust developed by the propeller due to the nonuniform 
wake pattern in which it operates. The predominant peri- 
odic component of the thrust developed by a propeller 
occurs at blade-rate frequency, i.e., the number of propel- 
ler blades times the rotational frequency of the shaft. 
Higher harmonics of blade-rate frequency occur but, due 
to their relatively small magnitude, they are generally not 
of practical importance. A number of factors influence 
the magnitude of the vibratory thrust; consequently, gen- 
eralizations in this area must be used with care. Neverthe- 
less, typical ranges of thrust excitation, expressed as a 
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Table 15 Longitudinal vibration calculations for shafting system model shown by Fig, 40 
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9.706 
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80 

50,27 

0,0253 

0,5743 

0.1936 

11.09 
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0.1461 
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0.0320 
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0.2178 

12.48 
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Ib/in . X 10* 


deg 

70 

16.97 

0.3052 
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0.3464 

19.85 ’ 

2,044 
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27*19 

80 

19.40 

0.3522 

1.3S4 

0.3959 

22.68 > 

2.336 

0.5925 

30*65 

90 

21.81 

0.4002 

1.769 

0.4454 

25.52 * 

2*628 

0*6731 

33,94 

95 

28.00 

0.4245 
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26.93 

2.774 
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ISO 

38.44 

0.7937 
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0.7916 
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1.102 
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68.07 
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65.87 
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70 

47.04 

L074 

2.195 

0.2837 

2.479 

3.838 

1.480 

5.318 

80 

53.33 

1.343 

3.137 

0.3719 

3.509 

7.036 

1.941 

8,977 

90 

59.46 

1,695 

4.454 

0.4704 

4.924 

16.60 

2.454 

19,05 

95 

62.45 

1.917 

6.318 

0.5233 

5.841 

35.28 

2*731 

38.01 

160 

98.52 

—6.675 

-31.17 

1.485 

-29.69 

-5.664 

7*747 

2.083 

200 

118.4 

-1.850 

-10.81 

2.323 

-8.487 

-3.836 

12.12 

8.284 

240 

136.9 

— 0.9358 

-6.559 

3,343 

-3.216 

-2,204 

17.44 

16.24 

280 

154.4 

-0.4791 

-3.915 

4.548 

0.633 

0.6959 

23.73 

24.43 


of which is the propeller Other sources of damping such 
as hysteresis and sliding friction are generally relatively 
small, difficult to estimate, and not readily reflected in the 
analytical procedures; therefore, their effects are usually 
considered to be lumped with the propeller damping al- 
lowance. 

A procedure for estimating propeller damping is de- 
scribed in reference 65. The procedure entails plotting 
the propeller thrust coefficient versus slip curve at the 
operating slip point. The propeller damping constant, C pf 
is accordingly determined to be 

1 z dC T 

p ~ 12 PnDZ lb-sec/in. (34) 

where 

P = propeller pitch, ft 
n = propeller speed, rps 
D = propeller diameter, ft 
C T — propeller thrust coefficient, T/n 2 P 2 D 2 

V 

s — propeller slip — 1 - ~ 

V a = propeller advance velocity, fps 


* Exciting frequency, w = x number nf propeller blades. 

bO 

percentage of the mean thrust, are tabulated in Table 
3; for additional details concerning thrust excitation, see 
references 69 through 72. 

Slow-speed, long-stroke diesel engines can excite longi- 
tudinal vibration by: 

* The combustion pressure and mass forces in the indi- 
vidual cylinders. When the crank throw" is loaded by the 
gas and mass force through the connecting-rod mecha- 
nism, the arms of the crank throw deflect in the axial 
direction of the crankshaft, exciting axial vibrations. 

« Propeller thrust variation that is induced by engine 
torsional vibration. This is particularly troublesome when 
the major-order critical is above the running speed (stiff 
shafting system) and the engine variable torque causes 
an irregular angular velocity of the propeller blades 
through the water. 

* Torsional resonances in the engine that cause axial 
crankshaft deflections. 

Reference 64 contains a discussion of the mechanisms 
by which glow-speed, two-stroke diesel engines excite lon- 
gitudinal vibration. 

6.5 Damping, There are several sources of damping 
in the longitudinal vibration system, the most important 
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A somewhat different approach for determining system 
damping was taken by Rigby [66], Rigby used full-scale 
data to calculate an equivalent propeller damping con- 
stant and concluded that for three-bladed propellers the 
equivalent damping constant was about 16.5 lb-sec/in, 
per square foot of propeller developed area; he further 
concluded that the propeller damping constant tends to 
increase with larger numbers of blades and suggested 
that a damping factor equal to 39 3b-sec/in* per foot of 
blade edge may give better results based on tests made 
with four- and five-bkded propellers. 

Reference 62 presents an analytically developed esti- 
mate of propeller damping of longitudinal vibration based 
upon Wageningen Series B propeller geometry. The ana- 
lytical process recognizes the actual propeller physical 
attributes in the estimate. 

In cases where the thrust bearing is located well aft 
and there is a significant amplitude of vibration at the 
slow-speed gear, investigations made and reported in ref- 
erence 65 indicate that machinery damping must also be 
considered; reference 65 suggests a procedure which may 
be used to include the effects of machinery damping. 

Significant damping can also be provided by a vibration 
reducer, when incorporated, which must be recognized 
when evaluating the shafting system vibration character- 
istics. The absolute value of the vibration reducer damp- 
ing is dependent on the specific design, and can be esti- 
mated by the procedures given in reference 33, 

Most slow-speed diesel engines incorporate longitudinal 
vibration damping features in the crankshaft arrange- 
ment, Diesel-engine damping provisions can be effective 
in minimizing crankshaft axial vibration, as noted in refer- 
ence 64 and the discussion provided by Guglielmotti to 
reference 33. 

8.6 Vibratory Thrust Calculations* A meaningful pre- 
liminary indication of the importance of a resonant mode 
of longitudinal vibration can be obtained by assessing 
and comparing the alternating thrust component with the 
mean thrust component at the main thrust bearing and 
the vibratory amplitude, velocity, and acceleration at the 
slow-speed gear, when installed. This can readily be ac- 
complished by assuming that the only source of system 
damping is the propeller (the restriction need not be quite 
so severe in that an “equivalent propeller damping 1 ' may 
be used which incorporates other system damping effects) 
and that the propeller is also the only source of excitation. 
With these assumptions, the propeller input work per cy- 
cle can be expressed as: 

E - 7 rtX a in.-lb/cycle (35) 

where t is the maximum amplitude of alternating thrust 
(pounds) and X a is the maximum amplitude of propeller 
vibration (in inches). This can be equated to the damping 
per cycle 

D — rrCpCoXl in.-lb/cycle (36) 

where C p is the propeller damping constant (Ib-sec/in.) 
and m is the resonant frequency of vibration (rad/sec), 
to obtain the following expression for the amplitude of 
vibration at the propeller: 


X a - t/mC p (37) 

Once the amplitude of vibration at the propeller has been 
established, the alternating force at other points in the 
system can be determined by using the mechanical imped- 
ance method. 

The procedure of determining the alternating force on * 
the main thrust bearing may be illustrated by referring 
to Table 15 and Fig. 40. In addition, the following data are 
required: 

Mean propeller thrust at 75 rpm (thrust 
is assumed to vary as the rpm 

squared) *** **„. 110,000 lb 

Propeller damping constant (based on 

reference 66) * * 5800 lb-sec/in. 

Ratio of alternating to mean propeller 
thrust (based on an analysis of the 
propeller wake).*..* 3% 

With these data the exciting force from the propeller 
is established to be 3300 lb and from equation (37) the 
amplitude of vibration at the propeller is 

X, = 3300/[2tt(75)(6)/ 60J5800] 

X a - 0.012 in. 

The procedure outlined in reference 65 can be used to 
establish the amplitude of vibration at the thrust bearing 
(point d in Fig. 40). Based on reference 65, the amplitude 
of vibration at point b becomes 

X b - X a cos (tan^ 1 (tan -1 ZJk 1 e 1 ) (38) 

and the amplitude of vibration at point c becomes 

= X b cos (tan' 1 ZJk^I cos (tan' 1 Z b /k ^ (39) 

(see Table 15 for a definition of terms.) A numerical evalu- 
ation of the foregoing expression indicates a vibratory 
amplitude of ± 0.008 in. at point d (the same as c). This 
is the amplitude at the slow-speed gear from which the 
velocity and acceleration can be calculated knowing the 
frequency of vibration. The alternating force at point d is 
then determined from 

F d = ZJC d (40) 

By interpolating the data shown in Table 15. Z d is estab- 
lished to be 2.95 X 10 6 ; therefore, F d = 23,600 lb and 
the ratio of the alternating thrust to the mean thrust is 
established to be 0,215, an entirely acceptable value in 
view of the low power level at ivhieh it occurs, 

6 3 Acceptable Limits for Longitudinal Vibration* Sev- 
eral attempts have been made to enumerate acceptance 
criteria for longitudinal vibration characteristics. The 
most well known criteria are those specified in reference 
[73]. Other acceptance criteria have stated that reversals 
of thrust in thrust bearings are not permitted. One crite- 
rion [67] has specified that the acceleration of the slow- 
speed gear should not exceed 3 ft/sec 2 ; but this recom- 
mended criterion is accompanied with the statement: “It is 
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emphasized that each particular case warrants individual 
attention and that the thrust variation levels must be 
given equal consideration.” 

There are so many variables which must be considered 


when analyzing the vibration characteristics of a system 
that there appears to be no satisfactory alternative to 
conducting an analysis of each particular system and 
studying each system individually. 


Section 9 

Whirling Vibration ( 


9. » Introduction. Whirling vibration can best be visu- 
alized by considering the motion to be the resultant of 
two shaft vibrations each in perpendicular planes passing 
through the shaft neutral position. Depending upon the 
manner in which the vibratory motions combine in the 
two perpendicular planes, the resultant motion may be 
circular (analogous to the motion of a skip- rope), elliptical, 
or in a single plane (if one of the two combining vibrations 
is of negligible magnitude). Visualization of whirling vi- 
bration is further complicated by the fact that the whirling 
frequency may be either at the frequency of shaft rotation 
or a multiple of shaft rotation, and the whirling motion 
can be either in the direction of shaft rotation or opposite 
to the direction of shaft rotation. Shaft whirling vibration 
is discussed in references 56 and 74-76. 

9.2 Determination of Whirling Natural Frequen- 
cies. The shafting system whirling natural frequencies 
are determined by analyzing a model that: considers the 
shafting system to be a continuous beam, represents sig- 
nificant concentrated masses (such as propellers), in- 
cludes an allowance for the propeller entrained water, 
recognizes the gyroscopic effect of the propeller, and 
allows for flexibility in the shaft bearing supports. Com- 
puter programs are commonly used to conduct such con- 
tinuous-beam calculations; however, as an alternative, a 
method based on the Rayleigh approximation is simple to 
apply and is useful as a means of assessing the potential 
for a whirling natural frequency. To apply this method, 
an assumption must be made with regard to the shape of 
the shaft centerline when the amplitude of vibration is at 
its maximum. It is not necessary that the assumed curve 
have exactly the same shape as the actual vibration deflec- 
tion curve, but it should have the same general character- 
istics, In problems concerning the vibration of beams it 
has been found satisfactory to use the deflection curve 
corresponding to the static loading condition, and this as- 
sumption is considered sufficiently accurate in connection 
with propulsion shafting. 

The total energy of vibration at any instant consists of 
two parts: kinetic energy due to the motion of the shaft 
masses and potential energy due to the bending stresses 
caused by the shaft deflection. At the point of maximum 
amplitude, the masses of the shafting are all stationary, 
so the kinetic energy is zero; but the potential energy 
stored up in the shaft is at its maximum. On the other 
hand, when the amplitude is zero, there is no bending in 
the shaft, so the potential energy is zero; but the kinetic 


energy is at its maximum. During vibration the total en- 
ergy in the shaft system remains constant; therefore, the 
potential energy at the point of maximum amplitude is 
equal to the kinetic energy at the point of zero amplitude. 
The maximum kinetic and potential energies are deter- 
mined by the shaft deflections, the masses carried by the 
shaft, and the frequency of vibration. These energies so 
determined may be equated, and this equation is then 
solved for the critical speed, N c in cycles per minute, as 
follows: 


N c 


= 187. 7 


(zfdlij 


(41) 


In this formula dW is the weight of a short section of 
shafting whose mass may be considered concentrated or 
the weight of any concentrated mass carried by the shaft 
(such as the propeller), and y is the deflection of the center 
of gravity of this mass. The summations include all of the 
masses in the shaft system. 

The static deflection curve can be calculated as de- 
scribed in any standard book on strength of materials. It 
should be noted, however, that the loads on the shafting 
should be reversed in direction in alternate spans; that is, 
the weights are assumed to act down in one span and 
up in the next. This reversal is necessary to produce a 
deflection curve that has the same general form as the 
vibration curve corresponding to the lowest natural fre- 
quency. 

Such calculations were made for the shafting system 
shown in Fig. t, and a plot of the mode shape for the 
whirling mode of vibration is shown in Fig. 42. It may be 
seen from Fig. 42 that the large amplitudes of vibration 
are confined to the aftermost regions of the shafting sys- 
tem. From an inspection of the Rayleigh equation it is 
evident that only the regions of the shafting system that 
have relatively large amplitudes have an important effect 
on the whirling critical frequency. This fact can be ex- 
ploited to greatly simplify the calculation procedure. 

The computation of whirling critical frequencies, by ne- 
cessity, entails several approximations. One is the as- 
sumed location of the resultant reaction in the bearing 
just forward of the propeller. Assessing the load distribu- 
tion in this bearing is difficult because neither the shaft 
alignment conditions nor the slope of the shaft in way of 
the bearing is known with certainty; furthermore, in the 
case of water-lubricated bearings, the position of the bear- 
ing reaction moves due to bearing weardown. With shaft- 
ing arrangements similar to that shown in Fig. 2 (closely 
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spaced stern tube bearings), the forward stem tube bear- 
ing can become unloaded or even possibly develop a down- 
ward reaction. Since the load condition of the forward 
stern tube bearing strongly affects the whirling natural 
frequency, computations are usually made with that bear- 
ing assumed to he loaded and also unloaded, particularly 
with water-lubricated bearings that are subject to large 
amounts of wear. 

The effects of entrained water can be estimated [62], 
but are normally approximated by increasing the weight 
of the propeller by a percentage (usually 25%), Bearing 
flexibilities are normally neglected in the Rayleigh calcu- 
lations as the problem would otherwise be considerably 
more complex. However, neglecting bearing flexibility 
may not be justified if the bearings are softly mounted 
in rubber to achieve self-aligning capabilities. Propeller 
gyroscopic effects, which tend to stiffen the system, are 
similarly neglected. Fortunately, the inaccuracies associ- 
ated with considering bearings rigid and neglecting pro- 
peller gyroscopic effects tend to offset each other. 

N. H. Jasper developed a calculation procedure that 
takes bearing flexibility and propeller gyroscopic effects 
into account [74,75,76]. The procedure is relatively simple 
due to the fact that only the aftermost region of the shaft- 
ing is considered. The results obtained with the Jasper 
procedure are in very good agreement with the results 
obtained by using the Rayleigh method; this is attributed 
to the opposite effects of the additional factors taken into 
consideration. 

9.3 Acceptable Limits for Whirling Vibration. Impor- 
tant sources of whirling vibration excitation are propeller 
and shafting unbalance and occur at a frequency corres- 
ponding to propeller rpm. Also, where Z is the number of 
propeller blades, the kZ ± 1 harmonics of the propeller 
wake field produce exciting frequencies; however, these 
are generally not significant due to the small exciting 
force and the dampening resulting from the relatively 
higher frequency. Only the frequency corresponding to 
the propeller rpm is considered to be important by some 
authorities; however, this point can be debated. In any 
case, it must be agreed that the severity of excitation at 


blade-rate frequencies must be investigated for a specific 
ease before blade-rate vibration can be categorically dis- 
missed. 

In order for the whirling natural frequency to be coinci- 
dent with the propeller rpm, conditions considerably dif- 
ferent from those on the usual large ship must exist. For 
example, bearing spans would have to be abnormally long, 
shaft diameters would have to be abnormally small, a 
bearing would have to become unloaded for some reason, 
etc. Whirling frequencies corresponding to blade-rate fre- 
quencies can and do fall within the operating range. Fortu- 
nately, however, the exciting forces at blade rate frequen- 
cies are generally not of great severity unless coupled 
with other adverse conditions, such as the forward stern 
tube bearing becoming unloaded. 

Perhaps the only generalization which can be made with 
respect to acceptance criteria for whirling vibration is that 
shafting arrangements should be designed such that, in 
the upper operating range, whirling resonant frequencies 
do not come into close proximity to the propeller rpm 
or the blade-rate frequencies that have strong exciting 
forces. Blade-rate exciting forces can be evaluated as dis- 
cussed in Section 3.2. 
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CHAPTER XI 


James F. Dray 


Bearings and 
Lubrication 


4 

Section 1 

Review of Fundamentals 


1*1 Fluid Film Formation* Fluid -film lubrication pro- 
vides the basis for the operation of bearings of many 
types. Lubricants used aboard ship include synthetic and 
natural mineral oils, water, greases, gases, and solids. 
Fluid-film lubrication depends on the generation of suffi- 
cient fluid pressure between adjacent surfaces to transmit 
the load through the fluid film. Pressure for hydrostatic 
bearings is supplied by an external pump while hydrody- 
namic (self-acting) bearings generate pressure by the rela- 
tive motion between the surfaces, which draws the fluid 
lubricant into a converging wedge-shaped space. As the 
flow area decreases, a positive pressure is generated, 
some of which is relieved by end leakage [ 1—5]* 

T.2 Film Pressure Formation. The concept of a positive 
pressure being generated by lubricant shear in a converg- 
ing channel or wedge is basic to lubrication theory [1], 
Figure 1 depicts a variety of bearings and the fluid-film 
shapes usually associated with their lubrication. In Fig. 
1, W indicates the bearing load, N the speed of rotation, 
Z/the relative velocity of the bearing surfaces, p the pres- 
sure in the film, and h m the minimum film thickness. The 
first three bearings (tapered-land thrust bearing, tilting- 
pad thrust bearing, and the journal bearing) are treated 
analytically as hydrodynamic bearings. The surfaces are 
considered to be smooth, rigid, and perfectly aligned. The 
fluid is considered to be an incompressible liquid, and in 
most solutions the viscosity is considered constant across 
the film but is allowed to vary along the film length. As a 
result of advances in computer technology, such as finite- 
element analysis, more elegant simultaneous solutions of 
the Reynolds and general energy equations have provided 
methods that allow variation in both local temperature 
and viscosity through the film [6]. 

The fourth bearing, a rolling-contact bearing, is treated 
as being elastohydrodynamic. In elastohydrodynamic 
analysis, the deformation of the surfaces and the effect 
of changes in lubricant viscosity due to pressure are in- 
cluded in the analysis by solving first the elastic equations 
for an approximate pressure distribution, then the hydro- 
dynamic equations for a pressure distribution correspond- 
ing to the deflected bearing shape with the lubricant vis- 
cosity adjusted to the local pressure. The process is then 
repeated until an acceptably small error is obtained. It 
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should be nbted that fluid films are very thin in elastohy- 
drodynanrio lubrication, approximately the same magni- 
tude as the surface deflections. Gear-tooth contact and 
the contact surface of traction drives are other examples 
where lubrication is elastohydrodynamic* 

In inverse hydrodynamic lubrication, shown in Fig. 1, 
the bearing surface is easily deformed many times the 
film thickness, and the lubricant properties remain un- 
changed at the pressures involved. Blok has shown that 
the pressure profile attains a relatively constant value 
over the surface in contrast to the other lubrication re- 
gimes. Water-lubricated main propulsion shaft stern-tube 
and strut bearings are examples of bearings that operate 
with inverse hydrodynamic lubrication. 

In thermal-wedge bearings, the load capacity results 
from changes in lubricant viscosity due to progressive 
heating by oil shear. Surface imperfections, such as wavi- 
ness induced during finishing operations and thermal dis- 
tortions induced by temperature gradients, often make 
significant contributions to the load capacity of this type 
of bearing. Flat thrust washers, such as those used in 
diesel engines, are examples of thermal-wedge bearings. 

The pressure generated between the bearing surfaces 
is directly proportional to the relative velocity between 
the bearing surfaces and to the fluid viscosity and is a 
function of film shape. Figure 1 illustrates some of the 
pressure profiles associated with the wedge shapes 
shown. The maximum pressure in a hydrodynamic bear- 
ing is from 2V% to 5 times the average unit load. Since the 
average unit loads for oil-lubricated bearings are normally 
less than 600 psi, the maximum film pressures are less 
than 3000 psi. In dynamically loaded bearings, average 
unit loads often reach 4000 psi. 

The maximum pressure in elastohydrodynamic bear- 
ings is less than the Hertzian contact pressure. Since the 
Hertzian contact pressure in a rolling-contact bearing 
may be as much as 300,000 psi. the film pressures are very 
high. The analytical treatment of rolling-contact bearings 
allows for both rolling and sliding in the contact zone by 
a simultaneous solution of the thermal Reynolds equation 
and the energy equation with viscosity and density func- 
tions of pressure, temperature, and the elasticity equation 
[7]. Inverse hydrodynamic pressures are generally low, 
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around 100 psi. The ability of thermal-wedge thrust bear- 
ings to carry load is considerably less than that of tapered- 
land or til ting-pad bearings; the design loads are usually 
limited to about 75 psi. 

1 ,3 Viscous Effects. The oil leakage out of the lubri- 
cant film may be determined from an equation of the form 


k 2 dp 
I2fi dx 


( 1 ) 


where 

u = mean leakage velocity, ips 
h = film thickness, in. 
p, — viscosity, lb-sec/in. 2 

dpfdx = pressure change per unit length, psi/in. 

Table 1 gives the pressure gradient in psi per inch of 
length of flow path required to produce a mean outflow 
velocity of one inch per second from a unit width of film. 
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Table 1 Pressure gradient for leakage of 1 ips mean 
velocity 

Fluid 


Turbine Oil Silicone 

NS 2190 TEP DC 500 Water 


Temperature, 

degF 

100 

200 

100 

200 

100 

200 

Viscosity, 

centi^oise 

98,1 

8,75 

16 

7.3 

0.69 

0.31 

Film thickness, in. 

0.001 

0.001 

0.001 

0.001 

0.001 

0.001 

Pressure 
gradient, psi/ia. 

170 

15 

28 

13 

1.2 

0.54 


Table 1 illustrates the very large pressure gradients re- 
quired to produce a modest flow velocity from the film. 
The values of film thickness given are also numerically 
equal to the discharge in cubic inches per second per inch 
of film length. Table 1 also shows the effect of tempera- 
ture on viscosity and that these effects depend on the 
nature of the fluid. The viscosity of petroleum oil de- 
creases by 11.4:1 over a 100 deg F range of temperature, 
whereas the silicon fluid and water decrease by a ratio of 
2 , 2 : 1 , 

The shear stress in the fluid film for each inch of bear- 
ing length of the bearing is the sum of the product of 
viscosity times the ratio of velocity to film thickness and 
the product of one-half the film thickness times the pres- 
sure gradient. For a journal bearing running centered, 


the surfaces are parallel and the pressure term becomes 
zero. The frictional resistance in this case is entirely vis- 
cous, The analysis of this case was given by Petroff. The 
Petroff bearing is of interest because all other fluid-film 
bearings have greater friction. For the Petroff bearing 

ZLLPN 

F = 4.77 X 10“® — — 

G 

(2) 

ZLLFhP- 

H = 3.784 x 10 1S 

c 

(3) 

ZND 

/“ 4.77x10-' — - 

(4) 

where 


F = tangential shear force on journal, lb 
Z = oil viscosity, centipoise 

N — journal angular velocity, rpm 

L — bearing length, in. 

* 


D — journal diameter, in, 

C — bearing clearance (bearing bore — journal diame- 
ter), in, 

H — bearing power loss, hp 
/ = bearing coefficient of friction 
P — bearing unit load (be., bearing load divided by LD), 
psi 


The oil flow requirements and power loss of cylindrical 
sleeve bearings may be estimated by the following simpli- 
fied and approximate equations [8]; 


S - 2 .,x,0-(f)(f 

(5) 

ZLLfiN 2 

H = 3.77 X IQ- 13 / — - — 

G 

(6) 

K Q = 42.4 - 

pC»AT 

(7) 

C 

min (1 ^ 

(8) 


where 

i 

S — Sojnmerfeld number (dimensionless) 
j = power loss factor (see Fig, 2) 

Q = oil flow, gpm 
p = oil density, Ib/gal 
C p — oil specific heat, Btia/lb-deg F 
At — oil temperature rise (outlet-inlet), deg F 
n — eccentricity ratio (see Fig. 2) 
kmm = minimum oil film thickness, in. 

The foregoing expressions are among the many that 
have been developed for bearing characteristics. Hersey 
developed an analysis of experimental data that showed 
friction to be proportional to ZN/P. The Hersey number, 
ZNiP ; has been shown to yield an important indication of 
the region in which bearings pass from boundary and 
mixed-film lubrication into a zone of fluid-film lubrication. 
Figure 3 is a plot of data taken on a bearing of 60-deg arc, 
with an LID of 0.5, a D/C ratio of 500, and a load of 436 
psi using Navy symbol 2190 T turbine oil as a lubricant. 
The speed was varied from 25 to 211 rpm. 

The zone to the right of the minimum point of the Her- 
sey curve is the full fluid-film lubrication domain. The 
region to the left of the minimum is a zone of mixed 
friction with a decreasing portion of the forces being 
transferred by hydrodynamic pressure and the balance 
by solid-solid contact Since the marine engineer is often 
confronted by mixed and boundary lubrication regimes, 
this subject will be discussed further. 

Before leaving fluid films, however, several of the more 
important references should be mentioned. The theory of 
fluid-film lubrication is given its most complete analytical 
treatment by Pinkus and Stemlicht [2], Purdy [9] has 
developed the theory in a somewhat simplified manner, 
but with exceptional clarity in presentation. Hersey has 
given the most complete record of the development of 
lubrication theory in all its aspects in reference 10, For 
bearing design and design checking, the presentations in 
reference 2, that by Boyd and Raimondi [3], and Rippel 
[5,11,12] are especially recommended. The work of Wilcox 
and Booser [8] is based on a large mass of experimental 
data and thus it offers the advantage of a verified analy- 
sis. The design of large marine and waterwheel thrust 
bearings is analyzed in reference 13, 
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Fig. 3 Bearing friction versus Hersey number 


1.4 Boundary and Mixed-Film Lubrication* Boundary 
lubrication processes are difficult to define with precision 
since the mechanisms to be included are not well under- 
stood, Generally when the film thickness becomes so small 
that the nature of the surface and the chemistry of the 
lubricant-surface combination become more important 
than the bulk properties of the fluid, boundary lubrication 
processes predominate. Friction wherein only the proper- 
ties of the solid surfaces are involved is usually known as 
dry friction. Some dry-friction processes may be involved 
in boundary lubrication. Mixed film, as the name implies, 


is that portion of bearing operation where both boundary 
and hydrodynamic lubrication processes are effective. 

The requirements for a shearing velocity and an oil 
wedge to produce a hydrodynamic pressure were dis- 
cussed in the previous section. The time required to estab- 
lish pressure and the rate at which pressure decays after 
motion stops were not mentioned. The long retention of 
low starting friction of some types of bearings may be 
attributed to their holding a substantial portion of the film 
pressure trapped between the bearing and shaft surfaces. 
The squeeze film accounts for the operation of many bear- 
ings that experience load reversals (dynamic loads). The 
lubrication of diesel engine main connecting-rod bearings 
is assisted by squeeze films, as is piston ring flank lubrica- 
tion; piston pin bushings are lubricated almost completely 
by squeeze films. 

The significance of the high friction associated with 
operation in the boundary regime is that the surfaces are 
m intimate contact, and localized welding and then tearing 
of the asperity junctions occur. Material transfer and sur- 
face damage occur in proportion to the contact pressure, 
materia] couple, and sliding distance. 

Just as surface roughness can penetrate oil films down 
to and through the boundary layer, so too can dirt parti- 
cles that circulate with the oil stream. The effects pro- 
duced by the passage of dirt through a film can be quite 
different depending on the circumstances surrounding the 
event. The least damaging dirt passage occurs when the 
dirt is smaller in size than the thickness of the film. The 
thinnest part of the film through which the particle passes 
determines the damage. If the particle is too small to 
contact both solid surfaces, then the force necessary for 
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damage is not available and the dirt passes through, leav- 
ing the surfaces unchanged. When the particle size ex- 
ceeds the film thickness, the least damage occurs when a 
ploughed track in the soft hearing material is the only 
result Damage of this type can raise local temperatures, 
but the bearing damage is quickly smeared back to the 
level of the surrounding surface in most cases. 

The entry of dirt into the bearing has a more serious 
result when the dirt particle fails to transit the film but, 
instead, embeds in the hearing surface. Embedment may 
be complete, in which case the damage is restricted to that 
done to the journal in the embedment process. When the 
embedment is incomplete, the consequences may vary 
from the cutting of a small groove in the shaft, all the way 
to a catastrophic machining-type failure. In machining (or 
“steel wool”) type failures, the steel surface is continu- 
ously cut by particles from the steel journal surface, 
which are embedded in the bearing material, and those 
that weld together to form massive scabs. The particles 
are hardened by friction heating and oil quenching. The 
probability of a machining-type failure occurring in- 
creases with: 

• dirt size, quantity, and hardness 

• residual hardenability (difference in journal or 
thrust surface hardness and the maximum hardness 
attainable with the material) 

• oil film temperature (which is primarily related to 
surface speed) 

• amount of chlorine in the oil (usually an extreme- 
pressure additive) 

• composition of rotor materials; carbide-forming ele- 
ments (high-chrome steels can be especially trou- 
blesome) 

When designing bearings, consideration must be given 
to the demands for stable, fully hydrodynamic operation 
in the upper operating range, the ability of the material 
and lubricant to provide prolonged operation in the bound- 
ary lubrication regime at slow speed, and the probability 
of encountering some boundary 7 operation at high speed. 
The great significance of material factors in all types of 
boundary operation cannot be overemphasized. 

1 ,5 Lubricants. Lubricants for marine machinery 7 usu- 
ally have a petroleum base. Crude petroleum oils are 
roughly classified as paraffinic, naphthenic, or mixed 
base; the differences being associated with the presence 
of paraffin wax in the paraffinic crude, asphaltic compo- 
nents in the naphthenic, and both in the mixed-base oils. 
An entire range of crudes exists, ranging from the highly 
paraffinic to the highly naphthenic; however, advances in 
refining and in additive chemistry have greatly reduced 
the significance of geographic source in the final applica- 
tion of the oil. Both the wax and the asphalts are largely 
removed in the manufacture of the lubricating oik The 
specific property levels desired are attained by blending 
refined, naturally occurring oils and by the introduction 
of additive packages. 

Additives are used to change some chemical and some 
physical characteristics of an oil. Several additives are 


usually blended into a single package suitable for con- 
verting a specific base oil into the desired product The 
commonly used types of additives include: 

* oxidation inhibitors — to reduce the onset and rate of 
oil oxidation 

* corrosion inhibitors— to reduce or prevent oil attack 
on alloy bearings and internal rusting of machines 

* anti wear improvers, oiliness agents, and extreme 
pressure (DP) additives— to improve sliding in the 
boundary lubrication regime 

* detergents — to improve the cleanliness of surfaces 

* dispersants— to keep carbon and other insolubles 
dispersed and circulating with the oil; this prevents 
malfunctions such as piston ring sticking 

* alkaline agents — to neutralize arid from oil oxi- 
dation 

* pour depressants — to lower the pour point 

* antifoam additives— to reduce the persistence of 
foam / 

» tackiness agents — to reduce dripping tendencies 

* thickener additives— to convert oil to a solid or semi- 
solid lubricant (grease) 

Greases are very 7 important in the lubrication of bear- 
ings and gears, where speeds are low and loads are high, 
and in rolling-contact bearings where oil can bleed rapidly 
enough from the grease to provide the necessary amounts 
of lubricant. Grease properties differ greatly from the 
base oil. The amount and type of thickener additive and 
the rate of shear of the application both affect the grease 
properties. Nine softness grades are recognized in the 
NLGI (National Lubricating Grease Institute) system 
ranging from 000 to 6 in order of increasing stiffness. 
Greases are formed as a gel of the base oil and from 4 to 
25 fr of a soap of (in decreasing order of quantity manufac- 
tured) calcium, lithium, sodium, aluminum, barium, or 
other metals or through the use of finely divided inorganic 
or organic compounds such as modified bentonite, colloi- 
dal silica, or arylureas. A wide range of oils has been used, 
including petroleum, animal, vegetable, and synthetic oils. 
The wide variety of starting materials and the combina- 
tions that have been made have produced lubricants appli- 
cable over a temperature span from — ^ 100 to 450 F, 

The factors to be considered in selecting the lubricants 
to be used aboard ship are as follows: 

* The lubricant in each machine must have sufficient 
viscosity to meet the most severe anticipated operational 
requirements. 

* The viscosity of the lubricant in each machine should 
be held to the minimum to minimize power losses and 
cooling requirements. 

* The vo I u m e and variety of 1 u b r i c an ts car r led a boa rd 
ship should be minimized. 

From the known loads, speeds, and temperatures of 
the power plant bearings and gear teeth, the physical 
properties of the lubricants satisfying the maintenance of 
a safe film thickness can be determined. The lubricant 
properties of primary concern, the test methods, and the 
significance of the results are briefly discussed in the 
following paragraphs. 
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a. Lubricant viscosity and viscosity index. In 1745, 
Newton measured the torque required to rotate concen- 
tric cylinders in a liquid. He determined that the force 
required on the rim of the cylinders was directly propor- 
tional to the speed of rotation and the area of surface 
in the liquid and inversely proportional to the distance 
between moving surfaces. The relationship from these 
results is F = n(A V/h), where p is the proportionality 
constant. This constant is the absolute viscosity. When A 
is the surface area in inches squared, V is the surface 
speed in inches per second, h is the oil film thickness in 
inches, and F is the force in pounds, the units of p are 1b- 
sec/inA This is a reyn. The corresponding unit of absolute 
viscosity in the metric system is a poise. The units of 
a poise are dynes-sec/cm 2 . The metric unit of absolute 
viscosity most commonly used is a eentipoise, which is 
1/ 100th of a poise. 

_ For oils, viscosity is usually measured as the time for a 
fixed volume to be discharged from a standard container 
through a fixed orifice at a specified temperature. The 
viscosity of most oils is nearly independent of the rate of 
shear and the oils are termed Newtonian fluids. 
Multigrade engine oils are non-Newtonian. At high shear 
rates, multigrade oils show a decrease in viscosity with 
increasing rate of shear until the viscosity of the base oil 
is approached. 

Grease is strongly non-Newtonian. The apparent viscos- 
ity is measured by pumping the grease through each of a 
set of eight capillary tubes using two pumping rates. 
From the observed pressures, the dimensions of the capil- 
lary tubes, and the pumping rate, the viscosity and shear 
stress are computed and viscosity in poises is plotted 
against rate of shear in reciprocal seconds on log-log pa- 
per. The viscosity of the base oil at the test temperature 
provides a lower bound on the grease apparent viscosity. 

The viscosity index (VI) is a measure of the rate of 
change of viscosity with temperature. Oils from a Penn- 
sylvania crude, which had the lowest rate of change of 
viscosity' with temperature existing at the time the index 
was established (1929), were arbitrarily assigned a VI 
value of 100. Another series of oils from a Gulf Coast 
crude with the greatest change were assigned a value of 
0. The viscosities of each series of oil were determined for 
100 F and 210 F. The viscosity index of an oil is then 
computed as 

T7T L ~ U 

VI - - x 100 

u — n 

where 

XJ = viscosity at 100 F of the oil whose VI is to be 
calculated 

L = viscosity at 100 F of an oil of 0 VI having the 
same viscosity at 210 F as the oil whose VI is 
to be calculated 

H = viscosity at 100 F of an oil of 100 VI having the 
same viscosity at 210 F as the oil whose VI is 
to be calculated 
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Fig. 4 Lubricating -oil viscosity -temperature chart 

In many cases a sufficiently high viscosity will be en- 
sured at the maximum temperature by specifying the min- 
imum acceptable viscosity at each of two temperatures; 
however, such specifications may permit an excessive vis- 
cosity when operating at intermediate temperatures. A 
comparison of the economic value of lower oil costs for a 
lower VI oil versus the longer term value of a reduced 
low-temperature power loss must be made to provide a 
valid decision. 

The effect of temperature on oil viscosity is illustrated 
in Fig. 4. Mercury and water have been included to illus- 
trate low-viscosity fluids. The data given in Fig. 4 may be 
converted to other standards by employing the following 
relationships: 

* To obtain reyns (Ib-sec/in .*), multiply the viscosity 
in centipoises (dynes-sec/cm 2 ) by 1.45 x lV 7 . 

• To obtain centistokes, divide centipoises by the oil 
density in grams/cm 3 . 

Above 60 centistokes (cSt), the following approxima- 
tions may be used: 

Saybolt Universal Seconds = 4.62 x cSt 
Redwood No. 1 Seconds = 4.05 x cSt 
Degrees Engler = 0.132 x cSt 

b. Oxidation stability. Oxidation stability provides 
a measure of the lubricant's resistance to oxidation under 
an accelerated test. Testing is performed by exposing a 
small oil sample (300 mL) contaminated with water (60 
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mL), and containing a steel-copper wire catalyst coil, to a 
flow of 0.5 liters per hour of oxygen at a temperature of 
208 F> Neutralization numbers are determined periodi- 
cally during and at the end of the test. Limits may he set 
by reaching a maximum neutralization number or by time. 
The test provides an indication of the oxidation-limited life 
of a lubricant in service. 

c. Neutralization number. The neutralization num- 
ber is a measure of the acidity of an oil. The oil is extracted 
or mixed in a solvent and the number of milligrams of 
potassium hydroxide required to neutralize a gram of oil is 
reported as the neutralization number. The neutralization 
number can provide a useful indication of the degree of 
oxidation of an oil and hence to the need to replace the oil. 
Care should be used with additive oils since the additive 
may affect the neutralization number. 

d* Carbon residue* Carbon residue is the percentage 
of carbonaceous material remaining after an oil sample 
has been burned. The test is best made in a small glass 
container (Rams bottom method) by subjecting a weighed 
sample of oil to a constant temperature of 1020 F for a 
fixed time period. The test indicates the carbon-forming 
tendencies of the oil and is significant for internal combus- 
tion engine oils. 

e. Demulsibility. The demulsibility of an oil is a mea- 
sure of the separating tendency of oil-water mixtures or 
emulsions. Equal volumes (40 mL) of oil and water are 
stirred for five minutes at 130 F* If the volume of emulsion 
(unseparated oil and water) remaining is less than 3 mL 
when the sample is examined at 5-min intervals, the mix- 
ture is reported as breaking, and the time is noted. If the 
mixture fails to break after one hour, the volumes of oil, 
water, and emulsion remaining are reported. The maxi- 
mum time for demulsification is specified for each particu- 
lar oil. In used oils, the test is heavily affected by rust, 
oxidation products, and other less clearly defined contami- 
nants. The test provides an indication of the effectiveness 
of separators in water removal and of the probable sludge* 
forming tendencies of the oil. Heavy sludges or emulsions 
can block the flow in oil return lines and reduce the effec- 
tiveness of oil coolers. 

f. Foaming. The foaming tendency of a lubricating 
oil indicates the stability of air-oil foams. The test is per- 
formed by the formation of a foam by the passage of 94 
mL per minute of air for 5 min through a 200-mL oil 
sample. Foam volumes are noted as formed and also after 
settling for 10 mm. Tests are run at 75 F and at 200 F. 
Lubricating oils having a tendency to foam are un desired 
because foam can cause inadequate lubrication, oil over- 
flow, blockage of oil return lines, loss of cooler effective- 
ness, air binding of pumps, etc. 

g. Corrosion inhibition* The corrosion-inhibitipn 
capabilities of a lubricating oil or grease are intended to 
define either the tendency of the product to corrode a 
component of the system being lubricated or to protect 
the surfaces in the system from being corroded by fresh 
or salt water entering the system. A wide variety of tests 
is used on new oils or greases. Each test is closely related 
to the intended application. Most of the tests are for sur- 
faces wetted by the lubricant; however, tests have been 


developed also to measure the vapor-space corrosion pro- 
tection offered by oils that have vapor-space corrosion 
inhibitors included in their formulation. 

All of the corrosion tests are examples of surface chem- 
istry phenomena and, therefore, require exceptional care 
in the preparation of the test surfaces. The material of the 
specimen must be exactly to specification. The finishing 
method is critical in each step as to grades and types 
of abrasive, speeds of finishing, and scratch pattern and 
depth. Each of these items has an effect on the surface 
structure and Residual stress, and hence on the corrodibil- 
ity of the surface. Finally, the cleaning of the specimen 
must be performed exactly as specified, if ail the previous 
care is not to be wasted. 

The actual corrosion test methods are numerous. Amer- 
ican Society for Testing and Materials (ASTM), Federal, 
and mill tar y v specifications cover most of those tests of 
concern to the marine engineer. One of the most frequent 
tests applied to both oils and greases is the copper strip 
test. Copper is easily corroded and is catalytic to petro- 
leum oils or at least to some of the constituents. The 
copper strip after proper finishing and cleaning is par- 
tially immersed in the lubricant and heated in a bomb 
pressurized with oxygen for 20 hr at 210 F. After solvent 
cleaning, the test strip is compared with a reference strip 
for evidence of discoloration, etching, and corrosion. The 
test will identify lubricants with sufficient activity to 
cause corrosion. 

The corrosion-inhibition test for steam turbine oils uses 
a sample of oil {300 mL) contaminated with 30 mL of 
seawater for marine turbine oils (or with the same amount 
of distilled water for oils to be used with land-based tur- 
bines). The resistance to rusting of very carefully abraded 
and cleaned low-carbon steel rods that are suspended in 
the oil-water mixture for 24 hr at 140 F is used as the test 
criterion. 

The Underwood corrosion test is intended for use with 
Internal- combustion engine oil. The test specimens arc 
connecting-rod shells of bearing materials known to be 
easily corroded. Jets spray oil on the bearings at 375 F 
for 30 hr. 

None of the corrosion tests are expected to yield corro- 
sion rate predictions but they do provide general guidance 
regarding the corrosive tendency or corrosion-inhibiting 
characteristics of an oil. 

h. Flash, fire, and autogenous ignition points. 
These three points refer, respectively, to the temperature 
at which the vapor over a heated oil sample will flash 
when tested with a small flame; to the temperature at 
w r hich sustained burning occurs when similarly tested; 
and to the temperature at which ignition occurs without 
external flame. These values have no meaning for lubri- 
cating processes but are significant where fire hazards 
exist. Marine lubricating oil distribution systems are gen- 
erally considered to constitute such a hazard. 

L Pour point* The pour point defines the lowest tem- 
perature at which the oil will pour. An oil sample contained 
in a tube is cooled in 5-deg F increments. The tube is tilted 
after the temperature stabilizes and the oil behavior is 
observed. When the sample shows no motion after 5 sec, 
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it is considered to have become solid. The previous 5 deg 
F point is reported as the pour point. The significance of 
the pour point in lubrication lies in the inability of pumps 
to move the lubricant to the bearings in time to prevent 
damage, when starting near the pour point. Tank heating 
coils are provided to avoid difficulties associated with low 
pour points. 

. j. Grease penetration. The grease penetration num- 
ber is a measure of the consistency of a grease. Penetra- 
tion is determined on both worked and unworked samples, 
Worked samples are produced by forcing the grease back 
and forth through a perforated disk for a specified num- 
ber of strokes, Normally, only a modest number of strokes 
are required; however, a greater number of strokes can 
be specified and can reveal shear instability of some 
greases. The penetration is measured by allowing a stan- 
dard cone to sink into the grease for a period of 5 sec. The 
deptli of penetration in tenths of a millimeter is reported 
as the penetration. Grease penetration is useful in select* 
greases for ball and roller bearing applications and as 
a quality-control check. 

Greases that are too soft tend to excessively flow into 
the path of rollers and cause high heat through churning. 
Harder greases, especially those displaying channeling 
characteristics, run much cooler. Hardness alone will not 
ensure grease channeling. Channeling is a complex func- 
tion of grease hardness, tack, fiber structure, and applica- 
tion factors including temperature, shear rate, and vibra- 
tion. Since no single test suffices to predict channeling, 
it is often necessary to resort to experiments in critical 
applications. 

k. Grease dropping point. The dropping point of a 
grease is the temperature at which the grease starts to 
drop out of the end of an inverted cone. The dropping 
point is the nearest approximation to the grease melting 
point. It does not provide the safe upper limit for use of 
a grease, but it does identify a temperature above the 
usable range. 

l. Service simulation testing. A wide variety of ser- 
vice simulation tests has been included in various lubri- 
cant specifications. These tests are included to check the 
overall suitability of a lubricant for a particular service 
application, and to provide assurance that operation will 
be free of trouble from unspecified or unspecifiable lubri- 
cant characteristics. Many different types of engine tests 
and the Navy work factor test may be cited as examples 
of this type of test. Service simulation tests are often very 
arbitrary. 

m. Lubricant applications. Although petroleum- 
based materials satisfy the great majority of marine lubri- 
cation requirements, a number of other lubricants should 
be mentioned. The use of synthetic lubricants has in- 
creased rapidly with advances in polymer chemistry. Syn- 
thetic lubricants in wide use include [14,15]: 

. Dibasic acid esters (for high VI, low volatility, and 
low freezing point) 

. Phosphate esters (for fire resistance and boundary 
lubrication) 


* Silicones (for the highest VI, thermal and oxidation 
stability, and low freezing point) 

* Polyglycol ethers (for high VI and good boundary 
lubrication) 

* Polyphenyl ethers (for thermal and hydrolytic sta- 
bility) 

* Silicate esters and polysiloxanes (for excellent vis- 
cosity and low-temperature properties) 

* Halogenated polyaryls (for hydrolytic stability and 
fire resistance) 

* Polyolefins (for good VI and thermal stability) 

For more than a century, stem-tube and strut bearings 
have commonly been water lubricated* During this time 
materials for this application have changed from lignum 
vitae (wood) to laminated phenolic (plastic) and Buna N 
(nitrile rubber). Buna N water-lubricated strut bearings 
are in wide use in dredges, tugboats, and Navy ships. 
Synthetic rubber has particularly good resistance to abra- 
sive wear and hence to salt and sand carried in seawater* 

Pumps are frequently lubricated by the fluid being 
pumped, often water* Air- and gas-lubricated bearings are 
widely used where rotational speeds are high. (Air has 
the interesting property that its viscosity increases with 
temperature, unlike oil and water, whose viscosities de- 
crease with increasing temperature.) These applications 
include circulating fans, cryogenic turbo-expanders, gy^ 
ros, computer disks, and tape drives* 

Solid lubricants include organics, polymers, metals, in- 
organics, and glasses [16]. The most popular solid lubri- 
cants are the lamellar solids, graphite and molybdenum 
disulfide. The polymerized olefins, polyethylene and poiy- 
tetrafluoroethylene (Teflon), are next. Among the organ- 
ics are soaps, fats, and waxes; and among the inorganics 
are metal fluorides, chlorides, bromides, iodides, hydrox- 
ides, and sulfides. Teflon, polyethylene and metharylates 
are polymers while indium, tin, lead, and silver are metals* 
Boron oxide, phosphate, and lead borosilicate are glasses* 
These materials are used as solid lubricants because they 
form low shear strength films. These materials may be 
applied as bonded films, dispersed in an oil or grease, or 
dispersed in another bearing material, usually a polymer 
such as nylon. The popularity of these lubricants has in- 
creased dramatically because they allow many very se- 
vere operational requirements to be met in applications 
such as control linkage bearings, where speeds are too 
low and loads are too high for a hydrodynamic bearing. 

n* Lubrication of dynamically loaded bearings. 
Dynamically loaded bearings, such as the bearings in a 
reciprocating engine or air compressor, derive their load 
capacity from a different effect than those having a 
steady load such as line shaft, turbine, and main thrust 
bearings. They also pose a different set of problems for 
the engineer. A dynamically loaded journal bearing de- 
rives its load capacity from the fact that when the shaft 
is pushed toward the bearing surface, the oil film takes a 
finite time to be squeezed out, and the oil-film thickness 
decays exponentially. Exploitation of this effect has re- 
sulted in engine bearings being designed for very high 
projected area loads and very thin oil films. Steadily 
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loaded journal bearings, such as turbine bearings, might 
support a load of 150 psi, and a main propulsion thrust 
bearing a load of 500 psi, while diesel engine bearings 
designed for dynamic loads of 4000 psi are not uncommon, 
A turbine journal bearing typically has an operating film 
thickness at full power of one mil or greater while an 
equivalent film thickness for a diesel engine bearing 
would be about 0,4 mil. These operating conditions make 
reciprocating engine bearings more sensitive to contami- 
nants and place special requirements on the bearing mate- 
rial, oil, and the journal itself. Erosion and cavitation ero- 
sion of the bearing material are not uncommon because 
of the dynamics of the oil film. These fluid phenomena 
are often controlled by the location of the oil admission 
hole relative to the load vector. 

The bearing materials used in engine bearings must 
have good fatigue resistance characteristics as well as 
low surface layer shear strength of good embedability 
[20]. While both tin- and lead-base babbitt can satisfy 
these requirements when used in layer thicknesses less 
than 0.020 in., trimetal bearings are often used to improve 
one of these properties* A popular trimetal bearing con- 
sists of a 0*013 to 0*025 in* intermediate layer of copper- 
lead on a steel back with a one-mil plated overlay of lead- 
tin. A trimetal bearing has good fatigue life due the cop- 
per-lead intermediate and good surface shear and embed- 
ability because of the lead-tin overlay. Leaded-bronze, alu- 
minum, and silver bearings have also been used 
extensively because of good fatigue properties. It should 
be obvious that hand working these bearings, with op- 
erating bearing metal layers as low as one mil, is highly 
detrimental to their life. 

Engine oils must meet the severe requirements imposed 
by their being exposed to the high cylinder-wall tempera- 
tures* These temperatures cause more rapid oxidation of 
the oil and its additives* It is important to engine life that 
the oil be changed at the intervals recommended by the 
engine manufacturer. A good oil analysis program is also 
useful because it may detect abnormal conditions in the 
engine before the normal change interval is reached and 
thus prevent a catastrophic failure. An oil analysis that is 
within normal limits should not be a reason to extend the 


change interval, however, because the analytical equip- 
ment used in most such programs does not provide a dear 
distinction between concentrations of metallic elements 
in the additive package and those induced by wear. The 
qualification of an engine oil is a long and tedious process 
requiring laboratory bench tests, engine tests, and service 
experience* Therefore, oil specifications for a particular 
engine should not be changed without extensive support- 
ing evidence, and this includes changes in the additives in 
the oil Diesel engines have to operate with foreign parti- 
cles suspended in the oil, which are introduced as products 
of combustion, wear debris, and any residual crankcase 
dirt; and to accomplish this the lubricating oil contains 
detergent additives* Corrosion inhibitors are also used in 
marine diesel engines since they operate in a seawater 
atmosphere, and corrosion is often a problem* The iron- 
oxide particles also contaminate the oil; if these particles 
can be carried in suspension, then a filter can be used to 
continuously remove them and minimize engine wear and 
bearing damage. Proper filtration for both diesel engines 
and gas turbines commonly requires 50-micron {^m) fil- 
ters, or finer* 

The material, hardness, and surface finish of the shaft 
journal in the way of bearings are critical parameters in 
determining the rate of bearing wear. The bearing-journal 
material combination determines the adhesive wear rate 
under boundary lubrication conditions* Because of the low 
minimum oil-film thicknesses, the shaft surface finish 
(peak-to-valley asperity height) determines how much 
bearing material is removed by ploughing. A surface fin- 
ish of 16 RHR is often specified with 8 being needed for 
heavily loaded bearings. Shaft hardness is important in 
determining resistance to abrasives in the oil and fatigue 
life. Soft journals score in the presence of dirt particles 
that exceed the bearing minimum oil-film thickness, which 
in turn results in either immediate failures due to oil-film 
penetration or decreased fatigue life due to a decreased 
oil film thickness and increased oil-film pressure. Case 
carbonizing is a surface-hardening treatment that is com- 
monly used on engine journals, and hardnesses in excess 
of 50 Rockwell “C” are achievable, Shafts operating 
against a hard bearing material such as 750T aluminum 
should have hardnesses of at least 50* 


Section 2 
Bearings 


2*1 General. Bearings may be of either the sliding- 
contact type, where the bearing elements are separated 
by a film of oil, or of the rolling-contact type such as bail, 
roller* or needle bearings* Sliding-contact bearings include 
many varieties of sleeve or journal bearings* and they also 
include thrust bearings and guide bearings (e*g., bearings 
which guide linear motions such as crosshead guide bear- 
ings in diesel engines). The determination of the type of 
bearing to use is based upon a study of several character- 
istics relating to the mechanical requirement, the environ- 
mental conditions, and the relative cost. 


Each type of bearing has its peculiar advantages with 
respect to each condition of application; Table 2 is a sum- 
mary of the relative advantages of each [8]. Generally 
speaking, sliding bearings are used In propulsion steam 
turbines, main reduction gears, diesels, industrial-type 
gas turbines, turbine generator auxiliary power plants, 
diesel electric emergency plants, large motors or genera- 
tors, boiler feed pumps, large fans and blowers, compres- 
sors and refrigeration plants, line-shaft bearings, stern- 
tube bearings, steering gears, and rudders. Rolling-ele- 
ment bearings are generally used with electric motors up 
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Table 2 Characteristics of sliding- and rolling-contact bearings 


Service 

Factors 


Characteristic 


Sliding 


Rolling 



r 

Load i 

Unidirectional 

Cyclic 

Starting 

Unbalance 

Shock 

Emergency 

Good 

Good 

Poor 

Good 

Fair 

Fair 

Excellent 

Excellent 

Excellent 

Excellent 

Excellent 

Fair 


Speed limited by 

Turbulence 

Temp, rise 

Centrifugal loading 

Dynamic effects 


Misalignment tolerance 

Fair 

Poor in ball bearings except where 
designed for at sacrifice of load ca 
parity. Good in spherical roller 
bearings. Poor in cylindrical roller 
bearings 


Starting friction 

Poor 

Good 

Mechanical a 

requirements^ 

Space requirements 
(radial bearing) 

Radial dimension 

Axial dimension 

Small 

y 4 to 2 times the shaft dia 

Large 

to V z the shaft dia 


Type of failure 

Often permits limited emergency op- 
eration after failure 

Limited operation may continue after 
fatigue failure but not after lubri- 
cant failure 


Damping 

Good 

Poor 


Type of lubricant 

Oil or other fluid, grease, dry lubri- 
cants, air* or gas 

Oil or grease 


Lubrication , quantity required 

Large, except in low-speed bound- 
ary-lubrication types 

Very small* except where large 
amounts of heat must be removed 


Noise 


Quiet 

May be noisy, depending upon qual- 
ity of bearing and resonance of 
mounting 


^ Power consumption 

Vanes as — 

Varies widely depending upon type 
of lubrication. Varies directly as 
speed. Usually lower than slider 
bearing 

En%’iron mental 
conditions 

! Low-temp, starting 

High-temp, operation 

Poor 

Limited by lubricant 

Good 

Limited by lubricant 


riAfe 


Unlimited, except for cyclic loading 

Limited by fatigue properties of 
bearing metal 

Economics 

Maintenance 

Cost 

Clean lubricant required 

Very small in mass-production quan- 
tities* or simple types 

Clean luricaut required. Only occa- 
sional attention with grease 
Intermediate* but standardized* 
varying little with quantity 


w Ease of replacement 

Function of design and installation 

Function of type of installation. Usu- 
ally shaft need not be replaced 


to 50 hp, aircraft-type gas turbines, small gear sets, some 
small auxiliary steam turbines, and small mechanical 
equipment. 

2.2 Pressure-Fed Journal Bearings* Many different 
types of journal bearings have been developed over the 
years and a rather large variety remains in use. These 
may be roughly classified into the three different methods 
of lubrication; namely, pressure-fed, nonpressurized, and 
externally pressurized bearings. 

A number of designs of pressure-fed bearings are in 


common use, with the oil supply pressure normally being 
in the range of 15 to 30 psi* Variations in journal bearings 
lie in the shape and location of the oil grooves and in the 
geometry" of the bore* Variations of grooving and bores 
give rise to the following common types of bearings: 

a* Cylindrical bearing* This bearing, Fig. 5(a), has 
a cylindrical bore. It usually has two oil spreader grooves 
along the split line* It has a good load-carrying capacity 
and is used in heavily loaded gear bearings. In designs 
incorporating LI D ratios of 0*5 to 1*0, loadings range from 
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100 to 500 psi. At light loads (under 100 psi) and higher 
speeds (over 3600 rpm) it is very susceptible to a bearing 
instability known as oil whip, 1 

b. Cylindrical overshot bearing- This bearing. Fig* 
5(6), is the same as that in Fig. 5(*xh except a relief groove 
is added in the unloaded half of the bearing* This is used 
to reduce the power loss and to provide extra cooling 
capacity. Oil is usually admitted at the trail in g-edge 
spreader groove and allowed to flow over the shaft within 
the relief. The excess oil over the bearing requirement is 
often drained away from the leading-edge spreader 
groove. 

c. Pressure-dam bearing. Figure 5(c) shows a pres* 
sure-dam or “Newkirk' * bearing. In the pressure-dam 
bearing a groove over the top half of the bearing is termi- 
nated at a sharp-edged dam about 45 deg beyond the top 
vertical line. Stopping the oil flow in the groove at the 


1 Any bearing instability, regardless of its nature, is commonly 

referred to as "oil whip” in the marine trade. Actually bearing juste- 

bilities fall into two types, half-frequency whirl and resonant whip. 

Half-frequency whirl is a vibration of a shaft in a fluid film journal 

bearing which may occur at any speed and at a frequency of one- 

half or near one-half journal speed, A resonant whip is a resonant 

vibration of a shaft in a fluid-film journal bearing which is self- 
starting at a shaft speed approximately twice the actual first system 
critical and remains at a constant frequency as the speed increases. 
The frequency of this vibration is equal to the first critical frequency 
of the shaft regardless of running speed. 


dam creates an oil pressure due to viscous pumping and 
this pressure increases the load on the bearing [17], This 
design may be successful in reducing the oil-whip phenom- 
enon; however, it is not always a cure for bearing instabil- 
ity, and it therefore has a limited use. 

d* Multiple-groove bearing. This is another varia- 
tion of the cylindrical bearing, but instead of two spreader 
grooves at the split line, it has four axial grooves spaced 
either 35 or 45 deg from the vertical centerline. It has 
been used successfully in steam turbine rotors at loads of 
150 to 250 p£i and LID ratios of 0,4 to 0.6, It has some 
effectiveness in eliminating oil whip, A four-groove bear- 
ing is shown in Fig. 5(d)* 

e* Elliptical bearing* An elliptical bearing has a bore 
similar to an ellipse. It is manufactured by machining the 
bore with shims installed at the split line. After machining, 
the shims are removed so that when assembled the bear- 
ing bore has a larger clearance horizontally than verti- 
cally. Usually this clearance ratio is 2 to 1. These bearings 
are more stable than circular bearings and are used for 
loads of 100 to 300 psi in LID ratios of 0.5 to 1,0. They 
are commonly used as steam turbine, industrial gas tur- 
bine, and generator bearings. 

An elliptical-overshot bearing is the same as an elliptical 
bore bearing but with a relief groove in the upper half, 
similar to the cylindrical-overshot bearing. It is designed 
for cooler running and for a decreased power loss. An 
elliptical-overshot bearing is shown in Fig. 5(e). 

f. Three- lobe bearing. A three-lobe bearing, shown 
in Fig. 5 (/), is very effective in preventing oil whip at 
light-load conditions. Its chief disadvantage is its manu- 
facturing difficulty and awkwardness in handling. It is 
commonly made in three sections with shims in the joints. 

g* Tapered-bore bearing* As a variation of the 
three-lobe bearing, a three-groove tapered-bore bearing 
has 80 deg of arc that is cylindrical and 90 deg of arc that 
is tapered to a depth of 0.004 to 0.005 in. Unlike the three- 
lobe bearing, the tapered-bore bearing can be machined 
in a lathe with a special bore-tapering attachment. These 
bearings can be made in two halves. A sketch of this 
bearing is shown in Fig. 5(g). 

h. Tilting- pad bearing. The most effective bearing 
to prevent oil whip and dampen shaft vibration is the 
tilting-pad or multiple-shoe bearing as illustrated by Fig. 
5(h). The hearing surface is divided into equal shoes or 
pads (3 t 4, or 5 are the numbers most commonly used) and 
each pad is allowed to tilt freely as the load and oil-film 
wedge dictates. Pivot locations are normally centered, but 
can be shifted downstream to 0.6 the shoe length for 
increased load capacity. The tilting-pad bearing was de- 
signed for the light-load bearing instability problem, but 
its oil film operates at a lower temperature than a compa- 
rable full-sleeve journal bearing and it is capable of with- 
standing higher unit loads than a full-sleeve bearing* 

Tilting-pad bearings are in common use on steam tur- 
bines, high-speed reduction gears, and centrifugal com- 
pressors. 

The bearings as listed in items (a) through (h) are gener- 
ally in the order of increased rotor damping properties. 
The cylindrical bearing offers the least protection against 
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Fig. 6 Friction coefficient versus Sommerfield nd 
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oil-film whip or rotor unbalance vibration, while the tilting 
pad is the most satisfactory for these types of problems. 
Even though widely accepted, the tilting-pad bearing is 
often used only as a last resort, because it is more costly 
than other types of bearings, 

2.3 Nonprefsurized Journal Bearing*. Non pressur- 
ized bearings include bushings, oil-ring bearings, and disk 
bearings. Bushings may be oil, air, grease, or water lubri- 
cated depending upon the application or material used. 
Solid bronze bushings are usually grease lubricated while 
sintered materials are impregnated with lubricants, such 
as oil or Teflon* Some bushes are solid Teflon or graphite, 
or metals coated with molybdenum disulfide. Other non- 
pressurized bearings include line-shaft (also called pillow- 
block, tunnel, spring, or plummer block) bearings. Line- 
shaft bearings may be of either the oil-ring type (as in 
Fig* 28 of Chapter 10) or the disk type (as in Fig, 22 of 
Chapter 10). 

The number of oil rings in a bearing should be such that 
no ring is required to distribute oil for an axial distance 
greater than 7 in* on either side of the ring* The ratio of the 
inside ring diameter to the diameter of the shaft should be 
1.5 to 1,25, decreasing with increasing shaft diameter. The 
ring cross section should be such as to have sufficient 
weight and area to deliver the required flow at the given 
speeds and oil viscosities and the oil ring should be sub- 
merged a minimum of 1 in. below the oil in the sump under 
extreme pitch and roll conditions. Tests have shown that 
an effective grooving pattern for maximum oil flow is 
in, square grooves spaced ¥ 9 in. apart on the ring inside 
diameter (ID), For low-speed operations, rings for large 
shafts should be 1 in, wide or more and should be grooved 
at the ID for increased oil delivery. 

There are several disadvantages to oil rings. At low 
speeds, such as 0*1 rpm while on turning gear, oil delivery 
is uncertain* Also, rings may tend to hold up on the ring 
guides and thereby impair oil delivery. In addition, the oil 
delivery from rings is proportional to viscosity so that, as 
a bearing overheats and the oil temperature rises io the 


sump, the oil delivered to the bearing is decreased at the 
very time when more oil is needed. 

Disk bearings are lubricated by a plate clamped to the 
shaft at one end of the bearing. At the outside diameter 
(OD) of the plate a cylindrical section forming a part of 
the disk rubs against a brass scraper, which removes and 
directs oil into the bearing, generally at the top centerline 
of the bearing (as in Fig* 22 of Chapter 10)* The cylindrical 
section of the disk is submerged below the oil sump level, 
and rotates with the shaft at shaft speed. Disk bearings 
have a greater and more positive oil flow at all speeds* 
Disk oil flow exceeds ring oil flow in a given bearing 
anywhere from 1.5 to 7 times depending on the speed. 

Tests with disk-lubricated bearings show that at low 
speeds the oil delivery* can be expressed as: 

Q = 0*4926(f>Af'y ' 2 * * * * “ 0.25 (9) 

where 

Q ~ oil flow from disk, gal/hr 
b — disk width, in, 

D — disk diameter, in. 

N = disk rpm 

fi — oil viscosity, reyns 

2,4 Externally Pressurized Bearings, Sliding bearings 
of the oil-film type operate on a hydrodynamic film after 
the surface speed is sufficient to carry 7 the load. Under 
these conditions an oil-film bearing is extremely efficient 
and reliable. The problem arises when the speed is too low 
to maintain a hydrodynamic film. Because steam turbine 
rotors require a cooling-down period of several hours un- 
der turning-gear operation, the line-shaft bearings during 
this period operate on boundary films or metal-to-metal 
contact even with extremely low loadings (the line-shaft 
speeds are in the range of V lQ to V 6 rpm). Tests on a 18-in. 
disk-lubricated line-shaft bearing with 300 SSU oil show 
that mixed-film lubrication (i.e., the onset, of boundary 
film lubrication) exists at a Sommerfeld number of about 
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0-008 {see Fig. 6). It is standard marine practice to limit 
loadings and rely on large LID * s because of the limitations 
resulting from continuous operation at turning-gear 
speed. 

Some thrust bearings and journal bearings of large low- 
speed shafts have externally pressurised pockets in the 
bearings as shown in Figs. 7 and 8 for starting and stop- 
ping under hydrostatic pressure [1]- The hydrostatic lift 
in thrust bearings consists of a pocket at the center of 
each pad of approximately 2 to 4 in. dia (Fig. 7). The pads 
are drilled from the pad GD to the center. An orifice and 
check valve are mounted on the pad OD, which in turn is 
connected to a high-pressure manifold supplied with oil 
from a high-pressure pump. Figure 8 illustrates a hydro- 
static lift arrangement for a journal bearing. The oil 
pocket at the bottom centerline has a total area of from t 
to 5% of the total projected area. Generally, 1 to 2 gpm of 
oil is supplied at a pressure of about 1000 psi; however, 
each application must be designed for the specific flow 
and pressure required to lift the load free of the bearing. 
Starting friction with hydrostatic lifts is reduced by a 
factor of about 10 to L For thrust bearings on deep-sub- 
mergence vessels, which have large breakaway thrust on 


starting, a hydrostatic lift may be required in cases where 
the available starting torque is limited. 

2.5 Thruit Bearings. As in the case of journal bear- 
ings, there is a variety of thrust bearing designs, which 
have been in use to meet various application require- 
ments. The various types can be classed as follows: flat 
land, tapered land, tilting pad, step, and pocket thrust. 
The first three types are in common use and are therefore 
covered in detail. 

a. Flat-land thrust bearings. The flat-land bearing 
is the simplest form of thrust bearing. It consists of an 
annular flat surface with or without oil grooves, running 
against a rotating thrust collar or shoulder. The load- 
carrying ability is derived from the proper number and 
radiusing of the oil grooves on the flat face. Theoretically 
the flat-land bearing has no load-carrying capacity. How- 
ever, experience has shown that a well designed flat-land 
bearing wilPoperate successfully at a unit loading of 100 
psi. Their norma] application is in the range of 50 to 100 
psi. This type of bearing is used on pumps and compres- 
sors on the inactive face (or idle side) of the thrust collar, 
where the reverse load is momentary. Where steady, 
heavy-thrust loads exist, a tapered-land or tilting-pad 
bearing is used. 

The power loss for a flat-land bearing can be determined 
by the use of empirical data such as presented in reference 
8 , 

b. Tapered-land thrust bearings. The tapered-land 
thrust bearing has the general appearance of the flat-land 
thrust bearing. Its surface is divided into a number of 
pads separated by an equal number of radial oil-feed 
grooves. In the tapered-land bearing, each pad is tapered 
in the circumferential direction so that the motion of the 
runner will wipe oil into the wedge area to build up load- 
carrying oil pressures. The taper can be either single, that 
is, the same amount at the ID and OD, or compound, 
where the taper at the ID is larger than that at the OD, 
For optimum load-carrying capacity, compound tapers are 
used. The taper usually extends for 80 to 90% of the pad 
with the rest of the pad remaining flat. For convenience 
of manufacture and to accommodate splitting in two 
halves, an even number of pads is always used. The ratio 
of pad length to pad height is kept near 1.0 for optimum 
load capacity. The oil groove width amounts to about 20% 
of the pad length. Pad tapers range from 0.005 to 0.009 
in. at the ID and from 0.003 to 0.006 in. at the OD, de- 
pending on the pad size. As the pad increases in size, the 
amount of cooling oil required increases and thus tapers 
are increased to pass a sufficient amount of cooling oil. 
Detail calculations can be made for this type of bearing 
by employing the procedure outlined in reference 8 or 18. 

c * Tilting-pad thrust bearings. The tilting-pad 
thrust bearing of the Kingsbury or Michel! types (both 
held patents concurrently dating from 1910) differs from 
the tapered-land bearing in that each pad is an individual 
shoe that is free to pivot as the oil film dictates. The pivots 
can be a radial line as in the Micheli type or a radiused 
button support as in the Kingsbury type. It has become 
common practice in American marine applications for tilt- 
ing-pad bearings to have plates, known as leveling links. 
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which equalize the load between pads, in Europe and Ja- 
pan, most marine thrust bearings are built with thrust 
pads supported directly in housings without leveling links. 
A conventional marine main thrust bearing of the self- 
equalizing type is illustrated in Section 5.2 of Chapter 10. 

A standard thrust bearing has 6 pads with the OD equal 
to twice the ID. The pads, with a 51 -deg arc, have a length 
to radial height ratio of 1.33. Bearings of this design have 
an area equal to one-half the square of the bearing OD. 
They are capable of carrying loads of 300 to 500 psi, de- 
pending on the bearing size, speed, and the type of oil. 

Larger bearings for main propulsion shafting usually 
have restrictions on the bearing OD; therefore, in order 
to minimize the bearing size, these bearings quite often 
have 8, 10, or 12 pads. The most common marine propeller 
thrust bearing for cargo ships and tankers is an 8-pad 
bearing ranging in OD from 41 to 61 in. There is no hydro- 
dynamic or manufacturing limit on the size of thrust 
bearings. 

The spherically radiused button supports of tilting-pad 
bearings are generally placed at the center of the pad 
in the circumferential direction. This is to accommodate 
ahead and astern rotation. A study by Raimondi and Boyd 
[19] showed that in theory a flat pad with a center pivot 
had no load-carrying capacity 7 . In actual practice the pad 
crowns due to the load over the center pivot and from 
thermal gradients in the pad itself. Thrust bearings for 
unidirectional rotation can be designed with a pivot at 0.58 
the shoe length for optimum load-carrying capacity. 

The bearing design variables of film thickness, power 
loss, oil flow, and temperature rise can be determined by 
the hydrodynamic relations given in reference 8. 

2.6 Rolling-Contact Bearings. 

a. General. Rolling-contact bearings are distin- 
guished by the use of a series of rolling elements to posi- 
tion the shaft with respect to the housing of the machine. 
The rolling elements most frequently employed include: 
balls, needles, and cylindrical, tapered, and convex rollers. 
The rolling elements of rolling-contact bearings provide 
much closer positioning of shafts than can be achieved 
with the use of self-acting sliding bearings. In addition to 
the close positioning, rolling-contact bearings provide a 
radially (or axially) stiff bearing that permits heavy load- 
ing of machine components with minimum deflection. The 
lubrication system is usually simpler for rolling-contact 
bearings, especially where the size, load, and speed are 
such that grease lubrication can be used. Rolling-contact 
bearings have much lower starting friction coefficients 
(0.002 to 0.006) than self-acting sliding-contact bearings 
(0.15 to 0.25). 

The load capacity of rolling-contact bearings is fairly 
well-defined in terms of the cycles of operation to obtain 
a fatigue failure in a definite percentage of a given popula- 
tion at a single load level. This fatigue failure mode is the 
normal basis for sizing rolling-contact bearings to satisfy 
the requirements of a given application. Equations have 
also been developed to compute the static load to cause 
surface indentation of a size known to cause rough run- 
ning, The static load capacity provides a design limit for 
slow-speed, high-load applications. 


The size variation of rolling-contact bearing elements 
must be kept to very small values. Size variations within 
an element or between elements in a bearing must be 
minimized to provide a uniform distribution of load be- 
tween the elements. Any lack of internal uniformity must 
be compensated for by compression of the rolls and deflec- 
tion of the rings and supporting structure. Remarkable 
advances have been made in achieving uniformity of roll- 
ing-element diameters. Military specification MIL-B- 
17981 restricts the ball size variation within a single bear- 
ing to 10 microinches (pin,). Balls with only 3-^rn. diamet- 
rical variation are available. 

Unevenness in mounting surfaces also imposes an un- 
equal load distribution on the bearing components and 
probably accounts for many of the premature bearing 
failures. 

b. Mounting. The highly desirable rigidity and close- 
positioning capability of rolling-contact bearings have im- 
plications in the incorporation of these bearings into ma- 
chinery designs. Careful analysis of the starting and op- 
erating temperature gradients of the machine design 
should be made to prevent internal loading of the bearings 
as a result of thermal expansion forces, A number of 
mounting designs have been developed to accommodate 
the most frequently encountered situations. Two basic 
alternative principles underlie most of the mounting ar- 
rangements, i.e., fixed-free mounting or opposed-shoulder 
mounting. These arrangements assume that the shaft will 
be supported by two bearings, one near each end of the 
shaft. Axial positioning will be determined by either im- 
posing the constraint at one end, as in the fixed-free 
mounting, or allowing the shaft to float between the op- 
posed shoulders of the shaft and housing. The free-end 
play provided in a fixed-free mounting must exceed the 
sum of the thermal and elastic differential motion be- 
tween the shaft and the housing. In cases where the free- 
end bearing is to be preloaded to provide a quieter installa- 
tion, the spring force should be applied so that it is reduced 
by differential thermal expansion within the machine. 

Opposed-shoulder mountings tend to be less expensive 
than fixed-free mounting in manufacture; however, the 
axial location is not as close as may be obtained in fixed- 
free mounting. Some opposed-shoulder mounts are de- 
signed to allow adjustment of the free play through the 
use of shims between the cap shoulder and the housing 
to obtain the degree of axial control sought, 

c. Ball bearings. Ball bearings consist of one or two 
rows of balls contained in grooves having a circular cross 
section. The grooves form raceways and are normally cut 
into rings that confine the balls. The radius of the raceway 
cross section is slightly larger than that of the ball. The 
largest ball possible, consistent with the other design fea- 
tures of the bearing, is normally used since this gives the 
largest load capacity. Ball bearings accept either radial or 
bidirectional thrust loading. Angular-contact ball bear- 
ings provide a very high axial load capacity in one direc- 
tion. Duplex pairs of angular-contact bail bearings are 
used for very high bidirectional axial loadings. 

Ball thrust bearings are designed with a row of balls 
running in grooved washers placed perpendicular to the 
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axis of rotation. The bearing will accept virtually no radial 
load, and thrust load is limited to one direction. Two-direc- 
tion thrust capacity is obtained by adding a second row of 
balls and a third washer, 

d. Cylindrical roller hearings. Roller bearings are 
classed as line-contact bearings in contrast to the point- 
contact designation of ball bearings. Cylindrical roller 
bearings consist of right-circular cylindrical rollers be- 
tween rings of cylindrical inside and outside diameters. 
The roller length is less than four times its diameter. Rolls 
are separated by retainers that, may be positioned radially 
by the rolls or by either of the two rings. The rolls are 
restrained in an axial direction by ribs on either of the two 
rings. The cylindrical roller bearing has very little thrust 
capacity, and for this reason it is frequently used to pro- 
vide longitudinal freedom in fixed-free shaft mountings. 
The fixed-end bearing may be any bearing providing axial 
location. Cylindrical roller bearings with solid rolls usually 
have a somewhat larger radial play than ball bearings of 
the same bore size. By the use of hollow rollers, cylindrical 
roller bearings may be given an internal radial preload. 
The cylindrical roller bearing has a very high radial load 
capacity and low friction, 

e. Needle bearings. Needle bearings differ from cy- 
lindrical roller bearings in having their roll length more 
than four times the roll diameter. The needle bearing is 
normally restricted to shafts less than three inches in 
diameter and speeds below 3600 rpm. The needle bearing 
is available as a full complement of needles and as a bear- 
ing with the needles separated by a cage. The cage-type 
bearing is less subject to skewing of the needles than the 
full-complement bearing. The needle bearing occupies the 
least radial space of any roller bearing. Both needle and 
cylindrical roller bearings may be used without an inner 
race; in such a case the shaft must be hardened to a 
Rockwell C hardness of 58-65 and given a fine grind. 

f. Tapered roller bearings. Tapered roller bearings 
use frustums of a cone as a rolling element. The races 
have a mating taper. The apex of the tapers on both rings 
and rolls meet at a single point on the axis of rotation. 
Cages are used to separate the rollers, and a rib is pro- 
vided on the inner ring to accept the roll thrust component 
resulting from the small angle of divergence of the conical 
roller. The large end of the roll and its mating rib are 
shaped to provide a converging load-carrying wedge. 
Pairs of tapered roller bearings used as fixed-end locating 
bearings provide a very rigid high-load capacity unit, 

g. Roller thrust bearings. Roller thrust bearings 
have no radial load capacity and must be used in conjunc- 
tion with a radial bearing. The radial bearing must be 
positioned very carefully if internal loading between the 
radial and thrust bearing is to be avoided. Roller thrust 
bearings have a very high thrust capacity, Their speed 
limits are much lower than radial bearings and more vis- 
cous oil is usually employed to prevent smearing of the 
surfaces. The supporting structure must be very rigid to 
develop the full capacity of roller thrust bearings. Care 
must be taken regarding the oil circulation in large roller 
thrust bearings to avoid thermal distortions. 


2.7 Hydrostatic Bearings, Hydrostatic thrust and 
journal bearings have been used for many years in special 
applications such as high-precision machine tool spindles. 
Now they are being used increasingly in marine applica- 
tions because of two unique and highly useful characteris- 
tics: first, they do not depend on shaft rotation to generate 
a supporting pressure, and second, their vibratory charac- 
teristics are controllable within a reasonably wide range. 
The first of these properties results from the fact that the 
pressurized <^j.I needed to support the load is supplied by 
an external high-pressure pump. Oil is usually provided 
at a pressure equal to about twice the projected bearing 
area unit load. The static or starting coefficient of friction 
is, therefore, very low. Hydrostatic lift has for many years 
been used in large thrust bearings to reduce the starting 
coefficient of friction and assist in establishing a hydrody- 
namic film. 'Bearings having high-pressure oil pockets or 
grooves in the bearing surface for hydrostatic lift during 
start-up are usually distinguished from hydrostatic bear- 
ings in that most of their running life they operate as 
hydrodynamic bearings. The pockets or grooves are not 
optimized as a hydrostatic bearing but are just large 
enough to provide the needed starting lift-off pressure. 
Gas-lubricated hydrostatic bearings are externally pres- 
surized and have had extensive usage in gyros and guid- 
ance systems, computers and computer tape drives, and in 
various kinds of communication equipment. Oil-lubricated 
hydrostatic bearings are used in heavy-duty crane and 
cargo-handling equipment on ships and in ocean oil-dril- 
ling and pumping platforms. These applications have in 
common the advantages that drive motors can be reduced 
in size due to lower friction torque requirements and that 
very heavy loads can be carried since the bearing load 
capacity is limited only by the supply oil pump pressure/ 
Some of the gains in reduced bearing size are lost because 
of the increased pump requirements, but in many applica- 
tions the gains far outweigh the losses. A hydrostatic 
bearing is designed with perhaps four equispaced re- 
cesses around the circumference [5]. Each of these re- 
cesses, which is typically 10 to 20 mils deep, is connected 
to an oil supply manifold via a capillary or orifice restrictor 
(about a 5^ in. in diameter) and thence to the pump. The 
stiffness and damping as well as oil flow are controlled 
by the design of the recess size and depth, sill width, 
restrictor diameter and length, and oil supply pressure. 
Two rows of recesses are often used around the bearing 
to compensate for misalignment. The bearing minimum 
oil-film thickness is self-adjusting with load up to the bear- 
ing ultimate capacity, since as the load increases on a 
recess the film thickness decreases, which increases the 
pressure and, therefore, the resisting force generated. 
Hydrostatic bearings have a good performance record, 
but* because of the small minimum oil-film thicknesses 
and restrictor sizes used, they are sensitive to dirt in the 
lube oil and hence have rigorous oil filtration require- 
ments, 

2.8 Magnetic Bearings, Magnetic bearings are used 
in applications where noise and vibration are important 
considerations or where lubricants are unacceptable. Like 
hydrostatic bearings they do not require shaft rotation to 
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generate bearing support forces. The rotor is floated in 
space and levitated by magnetic forces, which are gener- 
ated within the bearing by magnets or electric currents 
flowing through windings similar to those of an electric 
motor. This kind of bearing has been successfully applied 
to such diverse equipment as precision lathe spindles, cen- 
trifugal compressors, ventilation fans, generators, and 
inertial guidance systems. Magnetic bearings have the 
advantage of not needing a lubricant and can, therefore, 
operate in a vacuum and be free from contaminants. They 
have no mechanical losses, so energy can be saved and 
there are no start-stop problems such as those associated 
with hydrodynamic bearings [21], Bearing stiffness and 
damping are controlled by electrical means, hence mag- 
netic bearings facilitate a transition through critical 
speeds and may be used to stabilize a rotor or reduce or 
eliminate forces transmitted to a foundation and, there- 
fore, reduce noise [21], Magnetic bearings may be of ei- 
ther the active [22] or passive [23] type. A passive mag- 
netic bearing supports the rotor in a magnetic field, and 
the magnets may be either attractive or repulsive. A rotor 
supported on passive bearings cannot be stable in all three 
spatial directions and, therefore, must be electrically 
served in the unstable directions. In a machine having 
active magnetic bearings, the rotor is supported on elec- 
tromagnets, usually an eight-pole configuration that is 
driven by power amplifiers. Since feedback and active 
control are required, sensors and control electronics are 
added. The rotor is centered in the bearing by a bias cur- 
rent in the poles, which can be varied independently of the 
other quadrants. Journal displacement from the central 
position, either due to low-frequency drift or rotor unbal- 
ance, is sensed and corrected instantaneously and continu- 
ously by superimposing a small control current to each 
bias current. Passive magnetic bearing systems are ade- 
quate for many applications; they cost less and have more 
simple electronics than active systems. However, active 
magnetic bearings are necessary when the reduction of 
noise and vibration is a principal design requirement. 
Magnetic bearings are usually designed to have a pro- 
jected area loading of about 30 psi. 

2-9 Bearing Materials. Grade 2 babbitt is probably 
still the most popular machinery bearing material in use, 
which is amazing considering that the original British 
patent was granted on this material in 1839. The chemical 
compositions of both Grades 2 and 3 babbitt are covered 
by Federal Specification QQ-T-390 and also by ASTM 
Specification B23. Grade 3 babbitt has been used exten- 
sively by electrical manufacturers because its higher cop- 
per content makes it slightly harder than Grade 2. Grade 
2, however, seems to have the ideal balance of strength 
or load capacity , dirt embedability, and low shear strength 
with a resulting lower coefficient of friction. Grade 3 has 
a greater tendency to score journals in the presence of 
dirt, and cooling rates during casting must be very care- 
fully controlled to prevent segregation of copper cuboids 
at the bond Interface, which often results in a brittle bond 
that vibration may cause to fracture. 


Polymers are being used increasingly as bearing mate- 
rials. Perhaps the first polymeric bearing to have exten- 
sive usage in marine applications was Buna N or nitrile 
rubber, which was first used as a water-lubricated stern- 
tube and strut bearing material by the German Navy dur- 
ing the Second World War. It was later adopted by the 
U.S. Navy for the same application and continues to be 
used very successfully for that purpose. It is also used 
extensively in commercial applications, especially in 
dredges and tugboats that operate in dirty water, since 
it has a high resistance to abrasion. Laminated phenolic 
materials have been used extensively as water-lubricated 
stern-tube and strut bearing surfaces in nested-stave con- 
figurations and as a greased rudderstock bearing. Lami- 
nated phenolic is supplied as a cotton duck fiber woven 
laminate in a phenolic resin matrix. 

A whole group of true polymeric bearing materials such 
as nylon and Teflon has been adopted in a variety of 
marine applications, including control surfaces, winches, 
cranes, cargo-handling equipment, and auxiliary machin- 
ery, based on their earlier success as control surface bear- 
ings in aircraft. Included in this category are polytetraflu- 
oroethylene (Teflon) resins, polyamides, polyimides, and 
polyethylenes. These materials can be strengthened by 
the addition of chopped or continuous fibers such as Tef- 
lon. Woven Teflon fiber itself has become an important 
bearing material because it has much higher strength 
than molded Teflon. It is immune to problems such as 
cold flow, which have plagued molded polymers, while 
retaining a low coefficient of friction and good wear resist- 
ance. The addition of Teflon fiber to a polyamide material 
also reduces its coefficient of friction. Teflon has a coeffi- 
cient of friction that decreases with increases in load, 
unlike most other materials. While fiber additives are used 
to increase the strength of these materials, friction-reduc- 
ing additives including molydisulfide and graphite en- 
hance their bearing performance. These bearings are gen- 
erally intended for high load but lower-speed applications. 
Many are used with design loads of 4000 psi. 

Stoody and Stellite, both high cobalt transition metal 
alloys, are used in extremely heavily loaded applications 
where grease lubrication is possible. They are used in 
control-surface bearings at loadings of 4000 psi and char- 
acteristically have extremely long lives. These materials 
also have good erosion and galling resistance and may be 
used as-cast or as weld-deposited coatings. 

Manufactured carbon-graphites are useful both as high - 
temperature bearings and as low-friction materials for 
bearings and mechanical face seals. The amount and size 
of the graphite crystals are controlled to obtain the re- 
quired friction characteristics, and porosity is controlled 
by epoxy impregnation. Graphite crystals contain low 
shear-strength planes, which produce the desired low co- 
efficient of friction. 

2,10 Bearing Failure Modai. Among the bearing fail- 
ure modes that may be expected to occur in marine appli- 
cations, the most common are normal wear, bond failure, 
corrosion, cavitation erosion, improper lube oil, fatigue, 
overload, misalignment, and electrostatic discharge. 
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Fig. 10 Fretting corrosion on □ thrust runner 


Normal wear includes both abrasive and adhesive wear. 
These failures are usually defined by a bearing exceeding 
the allowable clearance, and the bearing and journal sur- 
face may exhibit a ploughed, abraded, or roughened sur- 
face. If the wear is dominated by particulates resulting 
from surface asperity adhesion and time, then the process 
is normal If the abrasives (such as sand, aluminum oxide, 
or products of corrosion in the oil) cause the failure, then 
it is abnormal and may be of the type depicted in Fig. 9. 
Fretting corrosion, which is a form of adhesive wear, is 
shown in Fig. 10 and is the result of the asperities on 
the two surfaces adhering to each other under heat and 
pressure. 


Bond failures may occur in all kinds of bearings, espe- 
cially babbitted machinery and engine bearings (Fig. II). 
The two common causes are a lack of cleanliness when 
preparing the steel, aluminum, or bronze back to accept 
the bearing material and poor deposition or cooling tech- 
niques, Since engine and other machinery bearings are 
manufactured using metallurgical coating techniques, the 
bearing back or shell must be absolutely clean, and caustic 
agents are commonly used to clean them. Any residual oil 
on the bearing back will inhibit bond formation. Also, an 
improper cooling rate will result in a brittle or poor bond, 
which may separate under vibration or dynamic loading. 
These failures are often easily identified because the origi- 
nal machining marks can be seen on the bearing back or 
shell. 

Corrosion is a trigger mechanism in many marine bear- 
ing failures. Corrosion failures are usually initiated by 
the presence of iron or tin oxide in the oil or on the bearing 
surface. Typically, the bearing housings or shells rust, 
the particles of iron oxide are picked up and suspended in 
the oil and are carried into the bearing load zone, the iron- 
oxide particles score the bearing surface as they become 
embedded in the babbitt, and then the particles score the 
shaft journal area. This type of failure is normally readily 
identified by the presence of iron-oxide particles embed- 
ded in the bearing surface and by the circumferential 
score marks or grooves machined in the shaft. Tin oxide 
(stannous or stannic) may be formed on the babbitt sur- 
face at the elevated temperatures encountered in the bear- 
ing oil film if the oil contains small amounts of water and 
chlorides. These oxide surface coatings are sometimes 
hard enough to cut and groove the journal as illustrated 
by Fig. 12. They are typically black or grey in appearance, 
and the damaging type can be identified by erasure with 
an ordinary pencil eraser. If the oxide can be erased, then 


Fig. 9 Abraded thrust pod 


A 

Fig. 1 1 Bond failure 
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Fig. 12 Failure caused by corrosion (tin oxide) 


it is nondamaging; if not, it may be hard enough to cause 
a failure, and superficial hardness readings should be 
taken to determine the suitability of the bearing for con- 
tinued use. Oxide hardnesses have been measured as high 
as 65 Rockwell “C." For oxides to be damaging to a bear- 
ing, the bearing must operate without an oil film, as does 
a line-shaft bearing when on jacking gear. 

Cavitation erosion can occur in babbitted machinery and 
engine bearings as a result of sub-ambient pressures, 
which are generated by the relative dynamic motion be- 
tween the bearing and journal surfaces. The appearance 
of the damaged bearing surface is shown in Fig. 13 and 
is that of fine, dull pitting in a localized area. Babbitt is 
particularly susceptible to this kind of damage and if 
allowed to progress it can result in a bearing wipe. In 
some diesel-engine bearings this problem has been elimi- 
nated by moving the oil inlet hole to eliminate the low 
pressure area. The bearing surface is sometimes eroded 
by the flow of the fluid itself as indicated in Fig. 14. This 
type of erosion is aided and accelerated by the presence of 
small contaminant particles suspended in the fluid stream. 

Lube oil failures occur occasionally because of additive 
depletion, water contamination, or loss of lube oil supply. 
A rigorously followed oil-analysis program substantially 
eliminates these problems before they progress to the 
extent that they cause a bearing failure. The oil should 
be periodically checked for neutralization or total acid 
number, which is a good indicator of oil oxidation and 
additive breakdown, to determine when the oil should be 
changed. An elemental analysis may help to assess the 
additive concentrations and may also be used to detect 
wear products suspended in the oil Care must be taken 
when interpreting such an analysis since some of the ele- 
ments (e.g., copper, zinc, aluminum, and tin) present in 
additives also can result from wear of machinery parts. 



Fig. 13 Cavitation erosion 



Fig. 14 Fluid erosion 


Certain other additive elements including chlorine, phos- 
phorus, and sulfur may result from seawater contamina- 
tion or the products of combustion in an engine. The check 
to confirm that an oil sample, taken from a sump and 
placed in a clear bottle, is visually clear and bright pro- 
vides good insight concerning the condition of the oil. 
Large quantities of water in the oil separate out on top of 
the oil and are readily apparent; a 0.1% water-oil emulsion 
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Fig. 15 Initial fatigue cracks 


Fig. 17 Wipe due to end load (local overload) 


Fig. 18 Wear due to edge loading 


Fig. 16 True fatigue (unbalanced Food) 


makes the oil cloudy, and as little as 0.017* water makes 
the oil hazy. Consequently, a visual check of the oil clarity 
can provide guidance concerning the need to separate wa- 
ter from the oil and find the contamination source. Con- 
taminants in the oil cause the oil to become opaque, which 
signifies that the oil should be centrifuged. 

Fatigue, as illustrated by Figs. 15 and 16, can be easily 
identified by the fact that surface cracks are formed in 
the bearing surface that give it the appearance of a jigsaw 
puzzle. These cracks often follow the babbitt grain bound- 
aries and do not propagate to the bond. Particles of babbitt 
may come out of the surface in fairly large pieces (ie.,^ to 
V 4 in.), and these particles often precipitate a wipe. Fatigue 
failures may sometimes be attributed to the babbitting 
process. If the cooling rate is too slow when babbitting, 
the grains are allowed to segregate into anisotropic den- 
drites, which after thermal cycling rise above the surface 
of the surrounding babbitt by perhaps 0.1 mil. This condi- 
tion can be easily observed because the tops of the den- 
drites are polished as a result of contacting the shaft, and 
the surrounding areas, which are lower, stay dark. The 


Fig. 19 Electrical pitting (electrostatic discharge) 

surface has a crazed appearance. The heavy bearing con- 
tact on the top of the dendrites and the lack of contact on 
the adjacent areas produce high dynamic stresses at the 
grain boundaries and ultimately may cause a fatigue fail- 
ure. Bearings showing this appearance should be changed 
at the first opportunity [15, 16]. 
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Failures caused by overload and misalignment are simi- 
lar in appearance in that both have a smeared or wiped 
appearance in the bearing surface. When describing in- 
creasingly severe failures of this type, the babbitt surface 
is identified as being polished, smeared, or wiped. Pol- 
ishing occurs as a result of journal-bearing contact but no 
metal flow results. If the contact is heavier and a small 
localized metal flow occurs, that is known as a surface 
smear. When a wipe occurs, there is a significant metal 
flow, as shown by Fig. 17, which is accompanied by an 
overheating of the bearing surface. Wipes are usually 
incapacitating failures, and the bearing must be replaced 
or rebabbitted; however, smears often redistribute the 
bearing-surface loads and are of no consequence espe- 
cially if the oil temperature or load is reduced. If the wipe 


or smear is at the bearing end and has characteristics 
illustrated by Fig. IS, it is generally caused by misalign- 
ment. If the wipe is in the center or across the bearing 
length, it Is generally caused by overload. 

Electrostatic discharge occasionally causes failures to 
journal bearings in generators and "steam turbines. In 
appearance there are areas of fine pits, as illustrated in 
Fig. 19, on the babbitt surface in the area where the op- 
erating minimum oil-film thickness exists. These pits are 
similar in appearance to those caused by cavitation of the 
oil, but the bottoms of the pits are shiny, not dull, because 
they have been melted by the current flowing to ground. 
In generators the shaft current is induced in the shaft by 
the electrical field, while in turbines it is generated by the 
streaming potential of the steam. The corrective measures 
are to ground the shaft or insulate one bearing. 


Section 3 

Lubrication Systems 


3.1 Objectives. Lubrication systems have a number 
of objectives; these objectives may be: 

* To deliver the required amount of lubricant to each 
rubbing surface under controlled levels of tempera- 
ture and contamination. 

* To provide operator assurance that delivery is being 
accomplished and to provide timely warning of sys- 
tem malfunction. 

* To provide the capability of coping with reasonable 
contingencies. 

* In many cases, to provide oil to the speed control 
system and to the low-oil-pressure shutdown device. 

Marine lubricating systems are distinguished by the 
necessity of including list, trim, roll, and pitch as design 
criteria. The American Bureau of Shipping [24] requires 
satisfactory functioning of lubricating systems when the 
vessel is permanently inclined to an angle of 15-deg 
athwartship and 5-deg fore and aft. In addition, reference 
[24] requires that the bearings not spill oil under a momen- 
tary roll of 221?2 deg, for electrical generators. Military 
vessels are required to accept larger trim, list, roll, and 
pitch requirements. Reference 25 cites the same perma- 
nent trim and list of 5 and 15 deg for surface ships, but 
adds 45-deg roll and 10-deg pitch requirements. For sub- 
marines, reference 25 imposes a requirement of 30-deg 
trim, 15-deg list, 60-deg roll, and 16-deg pitch. 

3.2 System Types. The lubrication system selection is 
determined in part by the prime mover selected and, in 
part, by the layout of the machinery space. The systems 
for diesels and gas turbines have been covered in the 
chapters dealing with these prime movers and will not be 
repeated here; instead, the present chapter will concen- 
trate on the geared steam turbine lubrication system. Ref- 
erence 26, a publication of the joint ASTM-NEMA-ASME 


committee on turbine lubrication, provides the most de- 
tailed guidance available for marine geared-turbine sys- 
tems, Related references 27 through 31 provide additional 
recommended practices. 

There are two basic types of lubricating systems: grav- 
ity systems and pressure systems. In addition, however, 
there are two types of lubricating systems which combine 
features of both gravity and pressure systems; these are 
high-head pressure/ gravity systems and low-head pres- 
sure/gravity systems, 

A gravity system uses one or more head tanks to supply 
oil to the propulsion plant. This system requires a high 
head room; reference 32 suggests a minimum elevation 
of 30 ft above the machinery, A gravity system is the 
most reliable type of system, if adequate capacity is built 
into the head tanks. Reference 26 recommends a minimum 
of four minutes of oil supply in each tank. The lubricating- 
oil pumps supply the head tanks directly in the gravity 
system. 

The pressure system supply is direct from the lubri- 
cating-oil pump. This system eliminates the space and 
weight requirements of the gravity system's head tanks; 
however, the reserve oil supply must be foregone in order 
to utilize direct pumping. Two pumps, each capable of 
supplying the full requirement, are required by reference 
24. Automatic switching of the supply from one pump to 
the other is required. 

A gravity/pressure system is a pressure system with 
one or more head tanks floating on the line to provide a 
reserve supply of oil. The high-head version is designed 
to provide full flow at rated pressure for four minutes. 
The low-head system supplies oil for the same period but 
at a reduced pressure. 

The various types of lubricating systems have most of 
the functional elements in common. The recommendations 
on their design, location, and capacity are virtually the 
same. Oil is supplied to the ship through a fill line to 
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the storage or settling tank, run by gravity to the main 
lubricating-oil sump, picked up by pump suction, and dis- 
charged through filters and lubricating-oil coolers to the 
head tanks or to the bearings, depending on the specific 
system in use. 

3,3 Tan ks. The design of storage, settling, sump, and 
head tanks is largely based on the same design criteria. 
The material recommended for use is restricted to dean 
steel plate. Nonferrous metals have catalytic effects on 
the oil, which tend to promote oxidation. Many coatings 
have been attempted for the interior of oil tanks; however, 
the lack of total success and the high hazard associated 
with a coating failure have led to the recommendation 
that interior coatings not be used. Tank inlets should be 
arranged to prevent the introduction of air below the sur- 
face by the impingement of oil jets on the surface. At the 
same time, it is of substantial benefit to introduce oil as 
near the free surface as possible to minimize the distance 
that the air entrained in the oil must rise to reach the 
surface and be released. Suction intakes in lubricating-oi) 
tanks should be maintained a minimum of 4 in. above the 
tank bottom to avoid picking up solid contaminants from 
the bottom. The distance from the inlet to the outlet 
should be arranged to maximize the distance traveled by 
the oil in passing through the tank. The greater the transit 
time, the more the particulate matter will settle out; in 
order to increase the transit time of the oil, baffles are 
sometimes provided in tanks to good advantage. 

Guidance with regard to the necessary transit time (or 
settling time) of an oil in a tank can he obtained by investi- 
gating the terminal settling {or rising) velocity of the an- 
ticipated contaminants, Stokes showed that the viscous 
resistance, of a small sphere of radius r traveling 
through a fluid, gas T or liquid of viscosity m with a velocity 
u t was given by the equation 

f— 6? rr\iu 

For a sphere acting under the force of gravity, the gra vita* 
tional force is (4/3 )tt r*(w — w*) where w is the weight 
density of the sphere and w ' the weight density of the 
fluid. At the terminal velocity, the gravity and viscous 
forces are equal; therefore, 

( 4/3 )irr*(w — w') — 6irrp>u 

and thus 


where 

u = terminal velocity of sphere, ips 
r — sphere radius, in. * 

w — sphere weight density, lb/in. 3 
vf — liquid weight density, lb/in. 8 
p, = liquid viscosity, lb-sec/ in. 55 

Table 3 gives the settling rates of the more common con- 
taminants in turbine oil, which is presumed to have a 
viscosity of 47 microreyns at 70 F and 4 micrareyns at 140 
F with a specific gravity of 0.9 at 60 F, The table shows 


clearly that any chemical agent capable of increasing the 
size of foreign particles can accelerate contaminant re- 
moval; chemical agents are the responsibility of the oil 
supplier. 

No very exhaustive treatment of tank design is recog- 
nized as being authoritative. The favorable effect of tem- 
perature is recognized in reference 26, which recommends 
the provision of heaters in settling tanks. Heaters are also 
suggested for sumps but only for heating the oil to a 
temperature near that of operation. Reference 31 contains 
explicit warnings on the danger of heating coils with an 
excessive surface temperature, A maximum surface tem- 
perature of 250 F is recommended with a flow rate of 2 
to 3 fps. If steam is used for heating, the pressure should 
not exceed 5 psig. Electric heater limitations of 12 watts 
per square inch for moving systems or 6 watts per square 
inch for static systems are recommended. 

Tanks must be provided with adequately sized vent 
lines and' overflows. Vents must be so located that direct 
impingement of cold air on the vents is avoided; otherwise, 
the breathing of the tanks under normal operation may 
bring moist warm air into contact with the cold metal and 
result in condensation and rusting. Care should also be 
taken to prevent the possibly combustible vapor in the 
vent lines from coming into contact with hot surfaces. The 
safe handling of the overflow should be considered for 
each tank. Every tank should be provided with a drain 
system, preferably from a well at the lowest point of a 
sloping bottom. A connection to the oil purifying system 
should be located to take suction above the top of the well. 
Oil drained from the well is normally waste oil, too heavily 
contaminated to be cleaned with a reasonable effort. 

Tanks should be designed with the necessity of initially 
cleaning the lubricating oil system and the possibility of 
subsequent cleaning taken into account Baffles, dams, 
and the like make cleaning more difficult, but good design 
practice can relieve this difficulty to some extent. 

Tank capacity is based on the maximum oil requirement 
per unit time, and on the minimum allowable residence 
time in oil return lines and tanks. The oil defoaming re- 
quirement exerts considerable influence on the desired 
ratio of tank capacity to flow rate. Head tanks in gravity 
systems are specified by reference 26 to have a capacity 
of four minutes. Sump tanks must be able to accept at 
least one overhead tank, in gravity systems. Military ships 
with pressure systems may use sump tanks having as 
little as one-minute flow capacity. Storage and settling 
tanks should be designed to accept a complete oil change. 

3,4 Fumpi, Lubricating-oil pumps may be of either 
the positive-displacement or centrifugal types. Reference 
24 requires two pumps, each capable of meeting the full 
system requirement. Reference 26 recommends that each 
pump have a capacity equal to 125% of the full flow re- 
quirement for the system. The use of different types of 
drives for the two pumps is preferred; if the primary pump 
or its power source fails, then the resulting low discharge 
pressure brings the idle pump on the line. However, this 
arrangement is not common in commercial practice. In 
commercial practice, both drives are usually electric and 


Table 3 Contaminant settling rates in turbine oil 
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come off the emergency switchboard. If the main genera- 
tor fails, the emergency generator is started automati- 
cally and provides continuity of electric power. Pomps 
driven by shaft takeoff gearing (usually from the reduc- 
tion gears) have been used and are satisfactory if properly 
applied. It should be apparent, however, that meeting the 
oil requirement at very low speeds and at jacking speeds 
with a shaft-driven pump is not practical Auxiliary motor- 
driven pumps are installed for low-speed and turning-gear 
operation. 

Check valves must be provided on pump suctions to 
prevent pumping through the standby pump to the sump. 
Pump isolating valves should be provided to permit under- 
way repair of either pump. 

3*5 Strainers, Duplex lubricating-oil strainers are 
customarily installed after the pump discharge. These 
strainers, equipped with 80- to 100-mesh screens, are capa- 
ble of passing 150-pm particles [26]. It should be noted 
that 150 pm equals 0,006 in., a much larger size than the 
designed minimum film thickness in marine bearings at 
the lower speeds of operation. Finer filtration imposes 
severe penalties in the form of much larger filters and 
higher pressure drops across the filter. The lubricating 
oil is given a fine filtration by means of a bypass cycle to 
the purifier system. That portion of the oil used for tur- 
bine speed control may be given supplementary filtration. 
This higher degree of filtration is restricted to the much 
smaller quantity of control oil 

Strainers should be provided with pressure-drop indica- 
tors to provide warning of the necessity for cleaning the 
strainers. Various recommendations have been made for 
an allowable change in pressure drop across a strainer 
before shifting and cleaning. “Any noticeable increase,” 
“5-psi increase/’ and “25-percent increase over normal” 
have been recommended. In a constant-head system, the 
pressure increase across the strainer represents a reduc- 
tion of oil flow, and the allowable increase should be re- 
lated to the system pressure drop. Where head tanks are 
employed, the allowable pressure drop should be less than 
that required to overflow the head tank. In a pressure 
system, the pressure drop should be less than that re- 
quired to produce a low-oil-pressure alarm at the most 
remote bearing. Where positive-displacement pumps are 
employed, the allowable pressure drop is more dependent 
upon the effects of overpressure on the filter medium. 
The strainer collapse pressure is an undesirably high limit 
since strainer openings are enlarged by pressure, permit- 
ting larger particles to pass. Allowable pressure limits 
should be selected that will not endanger the balance of 
the lubrication system. 

Strainer shifting valves should be so arranged that 
there will be no flow interruption when shifting strainers. 
Valves should be provided to vent and drain each section 
of the strainer. Each strainer compartment should be pro- 
vided with a removable bar magnet system to collect iron 
particles in the strainer. Regular observation of the 
strainer basket and magnets can provide one of the earli- 
est warnings of trouble in the system. 

3*6 Coolers. Coolers are provided to remove heat 
from the oil; normally seawater is the cooling medium. 


The cooler is designed to cool the oil at full-power opera- 
tion and at maximum seawater temperature and maxi- 
mum tube fouling. Single-screw ships are recommended 
to have two coolers and multipie-screw ships should have 
one cooler per shaft Two separate means of circulating 
water through the coolers are required by reference 24, 
Drains, vents, and isolating valves are needed in both the 
oil and water sides of the coolers to permit cleaning, leak 
detection, and repair. 

The coolers are usually operated on a bypass with suffi- 
cient oil be^ng passed through the cooler to maintain the 
oil supply temperature within the design range. The tem- 
perature-regulating valves should be arranged so that the 
oil flow to the system cannot be shut off. Temperature 
monitoring should be provided at the inlet and outlet of 
the oil cooler. Provisions should be made for supplying 
steam at 5 psl maximum to the water side of the cooler 
in order to heat lubricating or cleaning oil for initial or 
subsequent cleaning of the lubricating-oil system. 

Corrosion protection for the water side of the cooler 
should be provided by the inclusion of zincs or other elec- 
trolytic protection. 

The allowance for pressure drop through both the water 
and oil sides of the cooler must be established for the 
full range of design conditions. The water pressure drop 
should be established for clean and for maximum allow- 
able fouling conditions. Oil side losses must be known to 
establish overall system pressure drops at the maximum 
and minimum operating oil temperatures. See Chapter 16 
for additional discussion regarding coolers. 

3.7 Piping and Valves. The lubricating-oil piping sys- 
tem must be designed to deliver the required amount of 
lubricant under all reasonable conditions with the mini- 
mum available head. In addition the piping should be de- 
signed with the objectives of providing some separation 
of entrained air in the drain piping, simplifying the initial 
cleaning and subsequent cleaning, preventing the crack- 
ing of piping due to the vibration of unsupported lengths, 
and preventing inadvertent maloperation of the system 
through errors in valve operation. 

The objective of securing the required quantity of oil 
with the minimum head can only be obtained by the most 
careful study of system pressure drops over the full re- 
quired operating range. Lubrication piping systems con- 
sist of a number of series and parallel flows through 
pipes of varying diameter and throttling valves that are 
changed to meet the required conditions of operation. The 
pressure-drop analysis starts from the pressure and flow 
required through each bearing and gear spray for the 
maximum speed conditions. Orifices are usually provided 
to restrict flow to that needed at the machine element to 
be lubricated. Where a number of parallel points are to 
be supplied with lubricant from a single header, some 
means must be provided to prevent oil starvation of any 
single point either as the result of excessive design clear- 
ance or a bearing casualty allowing excessive oil flow to 
occur. The details of orifice design are thoroughly covered 
in reference 33. Virtually all of the precautions cited as 
being significant in the application of orifices as measur- 
ing devices are applicable to their use as flow controls. 
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Generally, the pump capacity is about 25% in excess of 
the bearing requirements to allow for changes in flow and 
other contingencies. In systems pressurized by a pump, 
the pressure in the system is controlled by recirculating 
the oil flow excess back to the sump through a back- 
pressure control valve. This back-pressure control valve 
is connected to the system downstream of strainers and 
filters so that the system pressure at the bearings is main- 
tained at the desired pressure irrespective of strainer and 
lube-oil-cooler pressure drops, An excessive pressure 
buildup at the pump is avoided by the use of a pressure 
relief valve at the pump. 

Suction piping for pumps should be sized to prevent 
cavitation at the pump inlet. The oil requirements of bear- 
ings increase rapidly at start-up, and this sudden demand 
can upset the balance of the system. Even positive-dis- 
placement pumps can temporarily disrupt a submerged 
suction supply at start-up if the suction piping has been 
made too small Pump suction piping and pump suctions 
should be submerged in oil to ensure that the pump will 
immediately take suction upon start-up. If the pump suc- 
tion and piping cannot be submerged in oil, an oil bleed 
from the oil header, which is provided with a check valve, 
should be installed to ensure that the suction piping is 
maintained full of oil at a pressure above atmospheric. 

Drain piping is sized on a different basis than supply 
piping. Drain lines are designed to run only about one- 
half full in order to help separate air from the oil. Booser 
and Smeaton [3] give the following formula for the mini- 
mum slope of a drain line running half full: 


where 

s = slope of drain line, in. /ft 
Q = oil flow, gpm 
y = oil kinematic viscosity, cSt 
d, — pipe inside diameter, in. 

3.8 lubricating-Oil Purifier Subsystem. The lubri- 
cating-oil purifier subsystem employs the centrifugal 
force in the purifier to remove very small particles [the 
duplex strainer is expected to pass particles up to 150 pm 
(0.006 in.)] from the lubricating oil The actual particle 
size passing through a purifier depends on the thickness, 
longitudinal velocity, and viscosity of the oil layer con- 
taining the particle, the magnitude of the centrifugal 
force, and the mass difference between the particle and 
the oil volume displaced, 

A purifier capacity of at least 10% per hour of the in- 
service oil charge is recommended by reference 28. Opera- 
tion at reduced capacity will take out finer particles than 
operation at design values. Since the rate of oil deteriora- 
tion is much higher for turbogenerators than for the main 
turbine, the purifier is arranged to take suction and dis- 
charge to each of the main tanks and auxiliary sumps in 
such a way that the possibility of cross contamination is 


virtually eliminated, Separate supply and return connec- 
tions are located on the tanks to maximize the flow dis- 
tance within the tank between purified and dirty oil to 
prevent recycling of purified oil 

The heaters must have the capacity of maintaining the 
lubricating oil inlet temperature to the purifier between 
160 and ! ISO F when operating at a normal rate. The puri- 
fier oil heater requires the same precautions to limit sur- 
face temperatures as were noted for the main lubricating 
oil heater, 

3.9 Condition Monitoring. Condition monitoring of a 
lubrication system provides information regarding the 
functional status of the system components, the lubricant, 
and the bearings serviced by the system. Information 
should be supplied at a rate and in sufficient depth that 
reliable performance is ensured. Since the condition of the 
lubrication system is essential to the availability of the 
main propulsion plant, an indication of system perform- 
ance should be provided to the ships command and control 
system. Where staffing is not a problem, the report of the 
watch stander may provide sufficient assurance to meet 
command needs. Where the manning of the engineering 
space is reduced, an increased depth and sophistication of 
the condition monitoring input to the command and con- 
trol system are required. 

In designing the condition monitoring system, there is 
a basic selection of passive and active systems. Passive 
systems present data for visual observation either at the 
point sensed or at a remote point; recorded data (manual 
or machine) belong in the class of passive systems. Active 
systems compare the data with some limits and provide 
an alarm or a change in operating conditions or both in 
the event that the data exceed the specified limits. Both 
passive and active systems may be designed to either 
continuously monitor the data or intermittently scan the 
data at a prescribed rate; the sampling rate is chosen to 
be compatible with the data handling response rates. 

Lubricating-oil pressures and temperatures are the 
characteristics most widely monitored to obtain an indica- 
tion of system performance. By monitoring the pressure 
at the most remote bearing, assurance is obtained that the 
system head is being maintained; however, it is recognized 
that the proper pressure at the most remote bearing does 
not necessarily ensure that oil is flowing to all bearings. 

If the pressure at the most remote bearing drops below a 
preset, limit, an alarm sounds and, in addition, the low- 
pressure signal may start the standby lubricating-oil 
pump. Low-pressure alarm settings should be made tak- 
ing into account the difference in head requirements and 
in elevation between the most remote bearing and other 
bearings in the system. 

A pressure measurement at. each pump confirms pump 
performance. Low pressure at a pump may indicate an 
excessive oil temperature, piping leakage, suction diffi- 
culties, or internal pump wear. An abnormally high pump 
pressure may indicate a low oil temperature or an obstruc- 
tion downstream of the pump. A simultaneous measure- 
ment. of both oil pressure and temperature aids greatly in 
defining the true problem. 
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A measurement of the differential pressure across 
strainers is used to monitor the increase of resistance 
as deposits of dirt are built up, and such measurements 
indicate the need to shift strainers. An excessive pressure 
drop across the water side of coolers usually indicates 
excessive fouling and the need to clean the tubes at the 
earliest convenience* 

While sight-flow fittings or bubblers have been used to 
provide assurance that oil is reaching a bearing, that same 
function can be performed more reliably by differential 
pressure gages, pressure transducers, or rotary flowmet- 
ers in the oil supply lines. These can provide direct indica- 
tion remotely in central control. Temperature is perhaps 
the best condition indicator. Temperatures should be mea- 
sured in the oil sump, at the oil cooler outlet, in the bearing 
babbitt near the area of minimum oil-film thickness, and 
in the oil discharge. Typical sensors are either thermocou- 
ples or resistance temperature elements. Normal alarm 
settings for babbitted bearing surfaces are 20 deg F above 
the maximum temperature encountered on full power tri- 
als, not to exceed 250 F. Oil outlet and sump temperatures 
should not exceed ISO F. Higher temperatures than these 
weaken the babbitt, reduce its fatigue life, and promote 
the growth of tin oxide. 
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Fuels and Fuel 
Treatment 


CHAPTER XII 


Matthew F. Winkler 


Section 1 

Marine Petroleum Fuels 


1.1 Petroleum Fuel-Oil Refining. The quality of ma- 
rine fuel oil is influenced by the refinery process used, the 
characteristics of the crude oil, and the demand patterns 
for middle-distillate and residual fuels. Some of the prop- 
erties associated with marine fuels that are affected by 
the refinery processes are as follows: 

* Density/specific gravity 

* Viscosity 

* Conradson Carbon Residue (CCR) micro-carbon resi- 
due (MCR) and asphaltenes 

* Sediment 

* Water 

* Flash point 

* Compatibility 

* Sodium 

The following paragraphs include a description of the 
most common types of refining methods utilized, the re- 
sultant product characteristics, and the influence of fuel 
quality on refinery-based blending of heavier and lighter 
products to produce various grades of intermediate fuel 
oils. 

a. Fractional distillation. Fractional distillation is 
the oldest and most common refining process and entails 
boiling crude oil up to temperatures of about 400 C at 
atmospheric pressure in a fractionating tower. Figure 1 
presents a simplified schematic of the atmospheric distilla- 
tion process. 



GASOLINE 

NAPHTHA 


KEROSENE 


no. z distillate 


REDUCED CRUDE 
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CRUDE OIL 

Fig, 1 Almospheric (straight- run) method of crude 'oi l distillation 


Fractional distillation is the initial basic refining process 
in which advantage is taken of the fact that different 
fractions of crude oil have increasingly higher boiling 
ranges. The greater the number of carbon atoms in a 
hydrocarbon molecule, the higher is its boiling point. 
Crude oil is composed of thousands of different hydrocar- 
bon compounds, each with its own boiling point 

In practice, it is not possible to extract individual hydro- 
carbons, so the distillation process divides the crude oil 
into fractions of different ranges of molecular weights 
(or carbon numbers), according to their different boiling- 
point ranges. The lower the boiling point of a fraction, the 
smaller the average size of its constituent molecules. The 
crude oil is, therefore, separated by distillation into the 
various specialized products to meet market demand, each 
with its own, sometimes narrow, boiling range. 
Straight-run residual fuels, obtained from atmospheric 
distillation, were the primary heavy fuels used in marine 
diesels and steamships from the 1950’s through the early 
1970's. They provided clean combustion, ease of fuel han- 
dling and treatment, good storage stability, and compati- 
bility. Also, since their specific gravities were usually well 
below 0.980, the separation of water and sediment was 
well within the capability of installed shipboard fuel-oil 
settling and purification systems. 

b. Vacuum distillation. Vacuum distillation is es- 
sentially a modified version of the straight-run method of 
distillation. Very simply, when the pressure in the distilla- 
tion/ condensation tower is reduced below atmospheric 
(partial vacuum), the residual fuel from an atmospheric 
process will yield additional heavy distillates and will fur- 
ther concentrate impurities and carbon in the vacuum bot- 
toms (residual oil). Vacuum distillation produces residual 
oils that are feedstocks for other refinery processes. They 
are not generally available in the marine fuel marketplace 
due to their very high viscosity. 

More modern refineries employ vacuum distillation 
units, using reheated atmospheric residue as feedstock. 
In general design, the plant is similar to the atmospheric 
distillation unit, with bubble trays and caps. However, 
this secondary fractionating plant operates under a high 
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vacuum, which reduces the boiling point of the many dif- 
ferent hydrocarbons in the atmospheric residue used as 
feedstock. 

As shown in Fig, 2, vacuum-distillation bottoms can be 
further refined by the use of a secondary process such 
as viscosity breaking. In this procedure the feedstock, 
vacuum bottoms, is heated to a higher temperature and 
pressure for cracking. Simplistically, the high-viscosity 
feedstock is broken down to further distillates and to a 
residuum, which is considerably lower in viscosity than 
the original feedstock. While this product can be utilized 
as a residual marine fuel with little or no blending with 
a lighter distillate, it has an increased density (specific 
gravity) and less-desirable characteristics such as lower 
ignition quality, higher carbon residue, and higher asphal- 
tenes content. It is usually less stable and less compatible 
with other residuals than the original feedstock. These 
characteristics can present problems in the operation of 
marine diesel power plants and fuel-treatment systems. 
It is, therefore, used as a blend. 

c. Cracking. When heat is applied to hydrocarbon 
molecules in the liquid phase, some of them boil off or 
vaporize; this is the basic principle of distillation. How- 
ever, if the heat is applied when the oil is under pressure, 
there is a reduced tendency for the hydrocarbon molecules 
to break free as vapor. If the temperature is high enough, 
the energy developed by the molecules is such that the 
carbon-hydrogen and the carbon-carbon bonds are rup- 
tured, and they “crack” into two or more smaller mole- 
cules having different chemical properties and structures. 
During the cracking process, which is essentially chemi- 
cal, there is a shortage of hydrogen so that some of the 
molecules formed are unsaturated. These unsaturated 
(decomposition) molecules, with their smaller number of 
carbon atoms per molecule, are more volatile. 

Two different basic cracking processes may be used. 
These are thermal cracking and fluid catalytic cracking. 
As the name implies, thermal cracking requires high tem- 
peratures (of the order of 520-560 C) and high pressures 
(usually about 13 bar) to split the molecules. Catalytic 
cracking can be carried out effectively at much lower 



temperatures and pressures (generally about 490 C and 2 
bar), usually on raw distillate feedstocks. 

d. Catalytic cracking. Catalytic cracking is carried 
out in a large processing plant, employing a fluidized cata- 
lyst, usually a silica-alumina based material, in direct con- 
tact with the feedstock. The catalytic cracking process is 
illustrated by Fig. 3. A catalyst is a substance which aids 
and accelerates a chemical reaction, but which itself un- 
dergoes no permanent change in composition. The very 
fine powdered catalyst flows like a fluid when kept in 
constant agitation and circulated by steam, air, or vapor. 
In the plant, as the preheated heavy gas oil feedstock 
enters a reactor, it is met by a stream of hot regenerated 
catalyst. This vaporizes the feedstock, which in turn “flu- 
idizes” the catalyst. Cracking occurs in the reactor, and 
the cracked oil vapors pass over to a fractionating tower. 
As indicated by Fig. 3, the cracked vapors, composed of 
new, smaller molecules, are separated into gases, high- 
quality gasoline components, light gas oil used as heating 
oil, and a heavy gas oil known as “cycle oil,” 

During the cracking reaction, the small spheres of cata- 
lyst powder become coated with carbon and fall to the 
bottom of the reactor. The catalyst Is very expensive; 
therefore, it is returned to the regenerator by hot air. In 
this unit, the carbon is burnt off, and the cleaned catalyst 
is then returned to the incoming feedstock for further 
use. The catalyst, therefore, works in a continuous cycle. 
A small amount of catalyst is carried out of the regenera- 
tor with the exhaust gases despite the use of devices such 
as cyclone separators fitted to minimize losses. 

Further small losses of catalyst can occur, especially if 
the reactor is malfunctioning, A relatively small amount 
of residue, called “catalytic tar” or “slurry,” is produced 
in the process. It contains very small catalyst particles, 
which are known as “cat fines.” The slurry is usually 
clarified to reduce the cat fine content and blended into 
the residual fuel stream. A number of cases have occurred 
where carried-over solid catalyst fines have been detected 
in large quantities (several hundred to one thousand ppm) 
in residual fuel. Unfortunately, these fines are extremely 
hard and abrasive and have caused severe wear to diesel 
engine fuel pumps and injectors, as well as serious abra- 
sive wear in engine cylinders, particularly w T here the fuel 
treatments, such as centrifuging and filtration, have been 


440 


MARINE ENGINEERING 


ineffective* The slurry itself is highly aromatic with a very 
high viscosity and high specific gravity* 

e. Refinery blending and storage* While not part of 
the actual refining process, on-site refinery fuel blending, 
handling, and storage can have a significant effect on fuel 
quality, as bunkered. Residual oils bunkered as marine 
fuels are, in fact, blends of various types of cracked resid- 
uum and lighter distillate cutter stock* By blending, less- 
desirable cracked residual oil can be made more suitable 
for use as fuel oil* This is accomplished by adding, to a 
given quantity of residual oil, a small amount of cutter 
stock, such as light or heavy distillate, or cycle oil* It is 
not uncommon for these fuels to have been produced in 
different refinery units and even from different crude 
stocks; thus, the potential for incompatibility problems, 
such as sludge formation or stratification, is created. As 
a result of increasing refinery-yield demands on crude 
supplies, blends have replaced straight-run residual fuels 
obtained from atmospheric distillation, which character- 
ized earlier marine residual fuels. Improvements to the 
refinery cracking process continue to produce higher per* 
unit crude distillate yields, but also result in a continuing 
degradation in the quality of cracked residuals and resul- 
tant blended fuels available in the marine industry. 

A significant portion of fuel contamination by water 
and debris can be traced to tanker and barge transport, 
pipeline transport, and tank-farm storage at terminals. 

1 *2 Petroleum Fuel-Oil Characteristic*. The properties 
of a fuel can significantly affect the performance, opera- 
tion, and maintenance of a marine power plant. The fuel 
characteristics that affect the operation of a power plant 
and fuel handling and treatment systems can be grouped 
by physical properties and chemical properties. 

a. Fuel physical properties. 

Viscosity. Viscosity is a measure of a fuel’s resistance 
to flow. The viscosity of a petroleum oil increases when 
the oil is cooled and decreases when it is heated* For 
this reason, the viscosity' value of an oil must always be 
associated with the temperature at which the viscosity 
was determined. The viscosity value by itself is meaning- 
less* When expressed in seconds of Redwood 1 viscosity 
at 37.7 C {100 F), it is the time required for a fixed amount 
of fuel at 37.7 G to flow down through an orifice of fixed 
size. The most common method of measuring the viscosity 
of a fuel oil is the kinematic method (for example, ASTM 
D 445). The kinematic method is generally considered to 
be more accurate than the Saybolt method formerly used 
in the United States or the Redwood and the Engler meth- 
ods, which were widely used in Europe. 

The world’s marine fuel suppliers have agreed to re- 
place the Redwood 1 (SRI) at 37*7 C system with the 
kinematic centistoke (cSt) system of viscosity at1>0 C. 
Figure 4 illustrates the relationship between the kine- 
matic and Redwood viscosity systems. It is noted that 
suppliers may quote kinematic viscosities at 100 C, instead 
of 50 C, to be in agreement with International Standards 
Organization (ISO), American Society for Testing and Ma- 
terials (ASTM), and British Standard recommendations. 

The viscosity of a fuel is an indication of the ability to 
pump, treat, and atomize the fuel* Viscosity is also a rough 



Fig. 4 Relationship between the kinematic an*i Redwood viscosity systems 


indicator of the carbon residue and asphaltenes contents 
of a fuel; higher amounts are generally found in higher- 
viscosity fuel oils. Additionally, the lower the viscosity, 
the easier it is to separate the water and solid particles 
from the fuel* High-viscosity fuels require proper pre- 
heating for good centrifuge operation and further heating 
before injection for good atomization. In addition to heat- 
ing, an increase in fuel-injection pressure may be neces- 
sary to maintain design atomization spray patterns with 
some high-visco$ity fuels. An increase in primary fuel- 
pump pressure might also be necessary to prevent vapor- 
ization of some of the more volatile components of the 
fuel because of the heating prior to Injection, However, 
heating the fuel on the discharge side of the primary fuel 
pump, where it is under pressure, can prevent vapor- 
ization* 

By preheating the fuel to lower its viscosity, the ability 
to separate water from the fuel is improved, but a temper- 
ature of 99 C should not be exceeded because the water 
may flash into steam and the centrifuge water seal may 
be lost. In any event, caution must be exercised not to 
preheat above about 150 C, or 300 F, because some chemi- 
cal changes may occur, gases may be given off, and water 
may vaporize, forming steam pockets in the suction line* 

Residual fuel oils are normally purchased on the basis 
of a limiting viscosity due to storage, handling, or power- 
related restrictions. Viscosity does not, however, carry a 
quality implication* A false sense of quality assurance 
may be inferred by the procurement of fuel oils on the 
basis of lower viscosity only, because other characteristics 
such as ash and sulfur content, carbon residue, and den- 
sity can vary widely for a given viscosity. 

The viscosity index (VI) of a fuel is an important param- 
eter; for a given fuel viscosity, the higher the fuel density, 
the higher the amount of cracked components present 
and, therefore, the lower the viscosity index* The VI of a 
cracked aromatic residual fuel may be as low as 10-15, 
whereas straight-run residues blended with straight-run 


FUELS AND FUEL TREATMENT 


441 


distillates can have a VI as high as 75-80* The widely used 
"standard” viscosity /temperature curves or tables are 
generally based upon fuels with a VI of about 65-70. 
Cracked residuum and cracked distillate blends can devi- 
ate widely from these curves, being less viscous at high 
temperatures but, more important, much more viscous at 
low temperatures* 

It is significant that for many years it was common 
practice to determine the viscosity of fuels, including re- 
sidual fuels, in Redwood 1 seconds at 100 F (37.7 Q* When 
viscosities were later determined by kinematic viscosity, 
mainly because of the inaccuracy of the Redwood viscome- 
ter, the temperature at which the viscosity was deter- 
mined was raised to 50 C, as a result of the increasing 
use of straight-run residues from Middle East and North 
African crudes. These were highly paraffinic with a high 
wax content, and many residual fuels from such crudes 
exhibited non-Newtonian tendencies at 100 F* Since 
cracked residuums have become more common, the tem- 
perature at which the viscosity is determined was raised 
to 80 C and has subsequently been increased to 100 G to 
comply with ISO/BSME and other specifications* Obvi- 
ously, this increases the margin of error when estimating 
the viscosity at low temperatures, using normal viscosity/ 
temperature charts, particularly if a fuel becomes a non- 
Newtonian fluid at normal storage temperatures* 

Specific gravity . Practically all liquid petroleum prod- 
ucts are handled and sold on a volume basis — by the gal- 
lon, barrel, cubic meter, etc. Yet, in most cases, it is desir- 
able to know the weight of the fuel quantity. The specific 
gravity of a fuel is defined as the ratio of the weight of a 
given volume of the product at 15*5 C (60 F) to the weight 
of an equal volume of water at the same temperature* 
Specific gravity is determined by floating a hydrometer 
in the fuel and noting the point at which the fuel level 
intersects the hydrometer scale. Corrections must then be 
made in accordance with the temperature of the sample 
at the time of test* The ASTM D-287 standard provides 
details on the method* 

Liquid petroleum products expand when heated, and 
their weight per unit volume, therefore, decreases* Be- 
cause of this, the specific gravity, or density, is usually 
reported at a standard temperature, although another 
temperature may actually have been used in the test. 

The specific gravity of a fuel is a measure of its density; 
however, in the United States petroleum industry, the API 
(American Petroleum Institute) gravity scale is widely 
used. This is an arbitrary scale, calibrated in degrees, that 
is related to specific gravity by the formula: 


API gravity (degrees) 


141.5 

Specific gravity 
@ 60 F (15*5 C) 


131.5 


The importance of a fuel’s specific gravity lies in the fact 
that standard fuel-water separating techniques are based 
upon the difference in density between the two sub- 
stances. Therefore, as the specific gravity of a fuel ap- 
proaches 1.0, centrifuging becomes less effective* Marine 
fuels should be devoid of free water and the salts normally 


dissolved therein; therefore, specific gravity ts important 
because high- gravity fuels are difficult to dewater. A high 
specific gravity also indicates a heavily cracked, aromatic 
fuel that is likely to have poor combustion qualities and 
cause abnormal wear in mechanical components* 

Ignition quality . In diesel engines there is always a" 
delay between the start of fuel injection and the start of 
ignition, or burning of the fuel* The ignition quality of a 
distillate/ residual fuel is indicated by the cetane number 
(or cetane index) or by the Calculated Carbon Aromaticity 
Index (CCAI) number. The lower the cetane number of a 
fuel (or the higher the CCAI number)* the greater the 
ignition delay, and the longer the period of time between 
fuel injection and the beginning of the rapid pressure rise 
associated with fuel ignition and combustion. The ignition 
quality of a fuel is dependent on the characteristics of the 
crude oil from which the fuel was refined and the extent 
of refinery processing of the crude oil* As crude oils are 
refined more intensely, the fuel oils increase in aromatic- 
ity, which can lower the ignition quality and increase the 
ignition delay; this can result, in hard knocking (caused by 
a rapid pressure rise) or noisy engine running, both of 
which are undesirable over long periods of time* The re- 
sult could be poor fuel economy, a toss of power, and, 
possibly, engine damage. If a fuel oil requires blending to 
reduce its viscosity, the lower-viscosity cutter stock may 
have a higher aromaticity to prevent incompatibility prob- 
lems after blending. However, the higher aromaticity of 
the cutter stock can similarly result in an increase in igni- 
tion delay, rough engine operation, and poor performance* 
This can cause serious operational limitations in medium- 
and high-speed diesel engines, which are sensitive to the 
ignition quality of the fuel. Diesels operating at speeds of 
less than 400 rpm are much less sensitive to fuel ignition 
quality. 

The ignition quality of residual fuel oils is monitored by 
the CCAI. A nomograph that can be used to derive the 
CCAI is illustrated by Fig* 5* 

The ignition quality of diesel fuels is an important char- 
acteristic; however for continuous-combustion processes, 
such as steam plants, the ignition quality of a fuel has 
little significance* 

Heating value * The heating value of a fuel — the charac- 
teristic of primary interest — is related chiefly to its spe- 
cific gravity (density) and its sulfur content* As the spe- 
cific gravity of an oil increases, the carbon-to-hydrogen 
ratio increases. The result is that there is relatively less 
hydrogen, with its higher heating value per pound, and a 
consequent decrease in the heat released during combus- 
tion* Figure 6 illustrates the relationships between the 
specific gravity and sulfur content of a fuel and its heating 
values. 

Changes in diesel engine performance caused by the 
use of a residual fuel result primarily from a reduction in 
the heat released during the combustion of the higher- 
gravity fuel with its higher sulfur and water contents* 
These effects are reflected as changes in the brake spe- 
cific fuel consumption (a term most frequently used as a 
performance indicator by operators) and the overall en- 
gine efficiency (a more theoretically oriented performance 
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CCAt = D — 141 tog log (V + 0,85) — 81 



Fig 5 Nomograph for deriving the Co I cub ted Carbon Aromaticity Index 
tCCAl) 

indicator). The performance of diesel engines is normally 
based on the fuel’s lower heating value, which is derived 
from the higher (gross) heating value by subtracting the 
latent heat of the water vapor produced during com- 
bustion. 

Flash point. The flash point of a fuel is the minimum 
temperature at which enough fuel vapors will exist to 
support momentary combustion when an ignition source 
is present near the fuel surface. Although the flash point 
of a fuel is largely unrelated to its quality, the flash point 
is stated to ensure that the fuel can be handled safely. 


Residual fuels must be heated to be pumped, but, if a fuel 
is stored at a temperature above its flash point, a very 
dangerous condition exists. Fuel in storage should not be 
heated within 10 deg C of its flash point. 

The U.S. Coast Guard and most classification societies 
have set a minimum safe flash point value of 60 C for fuel 
oil. A high -viscosity fuel, with a high specific gravity and 
a low flash point, would be an example of a fuel that is 
difficult to handle. As a practical matter, however, the 
flash points of typical diesel fuel oils have no adverse 
effect on the operation, performance, and maintenance of 
main propulsion diesel engines. 

Pour point. The pour point of a fuel is a measure of 
the temperature at which a fuel will lose its fluid charac- 
teristics. The pour point is unrelated to the quality of a 
fuel; it is only an indication of how cool a fuel can be before 
it becomes unpumpable. Fuels of the same viscosity may 
have poUr points that are quite different. The pour point 
depends on the type of crude, the method of refining, and 
the additives used. The paraffin fraction of a fuel contains 
waxy components which, when warm, remain in solution. 
However, as the fuel temperature drops, the wax begins 
to crystallize. The fuel will fully crystallize slightly below 
the pour point and will not pour. Fuels in storage should 
never be allowed to reach their pour points, as once the 
fuel has congealed, pumping may not be possible until 
the fuel is heated 6 to 12 deg C above its pour point. 
Once a fuel in storage has congealed, much more time is 
required to heat the fuel because the congealed fuel will 
not naturally flow to the heating coils. 

b. Fuel chemical properties. 

Sulfur. Sulfur is present in most crude oils to varying 
degrees and is chemically bound in the fuel. The higher- 
viscosity residual fractions tend to have higher sulfur 
contents. The form of sulfur, and its concentration, are 
very important to the operation of a diesel because it can 
result in low-temperature corrosion. In diesel engines this 
type of corrosion affects mainly the cylinder liner and 



fuel heating va*u*s relative to specific gravity 
and sulfur content 



Fig. 7 Acid dew point of sulfur-bearing fuel products of combustion 


piston rings at low combustion temperatures and eventu- 
ally leads to excessive liner wear. In both steam and diesel 
plants, low-temperature corrosion affects the cooler parts 
of any heat-recovery surfaces in economizers, air heaters, 
and waste-heat boilers. 

In a diesel engine cylinder, sulfur-bearing compounds 
unite with oxygen to form sulfur dioxide which, under 
heat and pressure, further combines with oxygen to form 
sulfur trioxide* This compound readily unites with the 
water vapor formed during the combustion process to 
produce sulfuric acid, which is potentially highly cor- 
rosive* 

When in a gaseous form, sulfuric acid passes harm- 
lessly out the exhaust; however, as indicated by Fig. 7, 
when it comes in contact with low-temperature surfaces, 
the gaseous sulfuric acid can condense and form a highly 
corrosive liquid. In boilers the economizer tubes and air 
heater surfaces are subject to such attack, as are the 
cylinder liners, piston rings* valve stems, and guides in 
diesel engines* At very low power levels, the exhaust sys- 
tem parts of diesel engines can also be affected. 

Diesel engines are designed to avoid low-temperature 
corrosion by maintaining the surface temperatures of cyl- 
inder liners and valve stems sufficiently high to prevent 
sulfuric-acid condensation* Also, the acid compounds re- 
sulting from the use of a fuel with a high sulfur content 
can be neutralized by using engine lubricating oils of suf- 
ficient alkalinity. The overtreatment for sulfur can also 
be harmful, however, leaving an excess of alkaline mate- 
rial that can form hard, abrasive deposits during combus- 
tion, which increase the wear of cylinder liners and piston 
rings* An ongoing lube-oil analysis program is required 
to assure a correct acid/alkaline balance that provides 
resistance to low-temperature corrosion. 

Boiler economizers are designed to avoid low-tempera- 
ture corrosion by maintaining a sufficiently high feedwa- 
ter temperature. Design countermeasures used with 
boiler air heaters include the use of ceramic-coated and 
renewable components* 

The sulfur levels in marine fuels have continuously in- 
creased as a result of the use of heavier crude oils with 
higher sulfur contents and more sophisticated secondary 


processing procedures, such as vacuum distillation and 
vis-breaking, which concentrate more sulfur in the resid- 
uum that is blended to produce heavy marine fuel oils* 

Carbon residue/asphaltenes. The carbon residue is the 
percentage of coked material remaining after a sample of 
fuel oil has been exposed to high temperatures. While 
the carbon residue may have significance, it should be 
interpreted with caution as there may be little similarity 
between the test and service conditions* As far as the 
effects of residue on performance are concerned, the type 
of carbon residue appears to have a greater significance 
than the quantity* 

The Conradson carbon residue (CCR) and the micro- 
carbon residue (MCR) values are measures of the ten- 
dency of a fuel to form carbon deposits during combustion 
and indicate the relative coke-forming tendencies of a re- 
sidual oil. Of the two methods, the micro-carbon residue 
method is the more accurate method to quantify this prop- 
erty* Carbon-rich fuels are more difficult to burn and, 
therefore, have poor combustion characteristics, which 
lead to the formation of soot and carbon deposits* Since 
carbon deposits can be a major source of abrasive wear, 
the fuel carbon residue value may be an important param- 
eter in the operation of a diesel engine* 

A high MCR/CCR/asphaltenes level denotes a high res- 
idue level during combustion and may lead to ignition 
delay as well as afterburning carbon deposits, which re- 
sult in engine fouling and abrasive wear. The degraded 
engine performance caused by slow-burning, high- boiling- 
point constituents also entails a higher thermal loading. 

Normally , a diesel engine burns the majority of a heavy 
fuel oil between top dead center and about 45 deg after 
top dead center while the expanding products of combus- 
tion act on the piston to complete the power stroke* 
Afterburning is of particular importance because the in- 
creased time needed for combustion exposes more of the 
cylinder liner to the flame than would normally occur 
and subjects the cylinder lubricant to higher pressure and 
temperature stresses, resulting in hot spots, severe radia- 
tion, and burning of the lube-oil film, which leads to scuff- 
ing of the cylinder, increased ring wear, and engine de- 
posits* 

Fuels with high MCR/CGR values have an increasing 
tendency to form carbon deposits on the injection nozzles, 
pistons, and in the ports of two-stroke engines* This 
causes a reduction in the efficiency of these elements and 
increased wear. The maximum permissible MCR/CGR 
value depends on the engine speed. The higher the speed, 
the shorter the time for combustion and the more residue; 
hence, the acceptable MCR/ CCR values decrease as the 
engine speed increases. 

Asphaltenes are those components of asphalt that are 
insoluble in petroleum naphtha but are soluble in carbon 
disulfide. They can be hard and brittle* Asphaltenes are 
made up largely of high-molecular-weight, polynuclear 
hydrocarbon derivatives containing carbon, hydrogen, ni- 
trogen, oxygen, and, usually, one or more of the three 
heavy metals — nickel, iron, and vanadium— as well as 
some sulfur* 
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Fig. 8 Bonding temperoture rein lion ship for mixture! of vanadium pentax 
ide and sodium sulfate 

The asphaltenes content in fuels influences the compati- 
bility of mixtures of light and heavy products and the 
rate of heat release during combustion. More frequent 
sludging of a purifier and filter fouling are indications 
of an incompatibility of the fuels being mixed and high 
asphaltene levels. For this reason, fuels taken on at differ- 
ent ports should be kept in separate tanks if possible, and 
the mixing of fuels from different tanks on board ship 
should be avoided. 

Compatibility . Compatibility is a very important fuel 
quality. As residual oils become more intensely refined, 
the resulting fuel is blended with "cutter stocks” of light 
distillate to produce usable handling characteristics. 
When light fractions with a predominance of aliphatic 
hydrocarbons are mixed with a heavy fuel, the colloidal 
dispersion of high-moleeuiar-weight substances is dis- 
turbed. Due to this loss of equilibrium, the heavier constit- 
uents tend to precipitate. This is usually seen as a sludge 
formation, causing clogged strainers and fouled filters 
and purifiers. Incompatible fuels can also cause injection 
pump sticking, injector deposits, exhaust valve deposits, 
and turbocharger turbine deposits. 

Vanadiumfnickel. Vanadium is a metallic element that 
is chemically bound in oil in the form of a soluble organo- 
metallic compound. The vanadium levels in residual fuels 
vary widely, depending on the origin of the crude. When 
present in critical amounts, which can vary with the tem- 
peratures involved, vanadium forms an adherent slag on 
high-temperature surfaces, which include the superheater 
tubes in steam plant boilers and the exhaust valves and 
seats in valved diesel engines, as well as piston crowns, 
causing localised hot spots and eventual burning of the 
high-temperature surfaces. 

Vanadium compounds, such as vanadium pentoxide, 
form as the result of oxidation in the combustion chamber, 
and mixtures of vanadium pentoxide and sodium sulfate 
melt at a temperature that varies with the proportion of 
the two; the bonding temperature relationship is shown 
in Fig. 8, At lower temperatures, these mixtures remain 
in a solid state and leave harmlessly with the exhaust 


gases as ash. If, however, this ash comes into contact with 
high-temperature surfaces, such as superheater tubes in 
boilers or exhaust valves and seats and turbocharger blad- 
ing in diesel engines, the compounds can melt and bond 
to the surfaces, causing severe corrosion, A particularly 
severe problem occurs in some diesel engines when molten 
vanadium-compound mixtures stick to the sealing sur- 
faces of valve seats. The valve-seat temperature then in- 
creases because of the reduced heat transfer. As the de- 
posit thickens, parts of it break off, leaving channels that 
expose the valve seat to a high-velocity flow of hot com- 
bustion gases. The combination of oxidation corrosion and 
mechanical/ thermal surface fatigue forms a leakage path 
for the combustion gases. This effect drastically reduces 
the engine performance, but can be avoided if the temper- 
ature of the valve-seating surfaces is maintained suffi- 
ciently law. 

Nickel js another metallic element that is found in heavy 
crude oils, but in much smaller amounts than vanadium. 
When compared with vanadium, the combustion problems 
associated with nickel are minor. 

Sodium, Sodium is an alkaline, metallic element that is 
found only in a combined form, one of which is common 
salt, sodium chloride (NaCl). Most sodium compounds are 
water soluble. Sodium is extremely active chemically. The 
sodium found in fuel can come from several sources, but 
most of it is a direct result of storing and handling proce- 
dures from the time the fuel leaves the refinery until it is 
delivered to bunkers. Salt-water contamination in barges 
used to transport fuel is not uncommon. To some extent, 
even salt-air condensation in fuel tanks contributes to a 
fuel's overall sodium content. Regardless of the manner 
of contamination, sodium in fuel is usually water soluble 
and can, therefore, be removed with the water by a centrif- 
ugal separator. 

Sodium acts as a paste (flux) for vanadium slag. When 
unfavorable quantities of vanadium and sodium are pres- 
ent in a fuel, they react at combustion temperatures to 
form eutectic compounds with ash melting points within 
operating temperatures. The sodium-vanadium phase dia- 
gram and its relationship to the ash melting temperature 
are shown in Fig. 9. In molten form, sodium-vanadium 
ash can corrode alloy steels: and, when this condition is 
allowed to persist unchecked, high-temperature corrosion, 
overheating, and eventual burning away of exhaust 
valves, valve faces, and piston crowns in diesel engines 
are not uncommon. The superheater tubes in boilers can 
be affected similarly. 

The chief corrosive constituents formed in the ash of 
heavy fuels during combustion are vanadium pentoxide, 
sodium sulfate, and other complex forms of these primary 
compounds. The chemical nature of these compounds and 
their interaction with steel surfaces on exhaust valve 
seats are of great concern, as their relatively low melting 
points make them very corrosive at normal engine ex- 
haust temperatures. In their molten states, vanadium- 
sodium-sulfur compounds also act to dissolve the exhaust- 
valve surface ferric oxide (Fe 2 0 3 ) layer, thus exposing the 
underlying steel surface to further oxidation attack and 
subsequent erosion. The oxidation attack takes place by 
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Fig. 9 Sodium- vanadium phase diagram 

two mechanisms: gas-phase oxidation and liquid-phase ox- 
idation. In gas-phase oxidation, the high-temperature ex- 
haust gases containing oxygen react with steel to form 
oxides. Liquid-phase oxidation (corrosion) takes place 
when molten sulfates and pyrosulfates in the exhaust 
gases deposit on valve surfaces. In extreme situations, 
similar sodium- vanadium ash corrosion attacks can also 
occur downstream of the exhaust valves in the turbochar- 
ger exhaust-gas turbine and blading. 

Oxidation products . Residual fuels may have a poor 
storage stability, especially when maintained in a heated 
condition for extended periods of time. As a fuel ages, it 
becomes oxidized by air and begins to polymerize, forming 
sludges, gums, and resins that can foul filters and heaters 
and can sometimes cause fouling of the injectors, combus- 
tion chambers, and exhaust system. Oxidation products 
can remain soluble in the fuel or become insoluble and 
precipitate out, forming an organic sediment. 

Ash. The ash content of a fuel oil is a measure of the 
metallic content and the noncombustible inorganic solid 
contamination in the fuel. The ash content, especially of 
heavy fuels, provides a method of assessing the quality 
of the fuel oil and takes into account characteristics such 
as solid foreign material (sand, rust, cat fines) and the 
dispersed and dissolved compounds of metals such as va- 
nadium, sodium, iron, and nickel. 

Ash deposits can adhere to metal surfaces and cause 
localized overheating, which can lead to the corrosion of 
high-temperature components of engines and boilers. Ex- 
cessive ash constituents may also result in an abrasive 
wear of cylinder liners, piston rings, and valve seats and 
form deposits that clog fuel nozzles and injectors. Acceler- 
ated wear of fuel pumps and valves is also possible when 
the fuel has not been properly centrifuged. In a heavy 
fuel oil, the soluble and some dispersed metal compounds 
cannot be removed by centrif uging, and when burned they 
can form hard deposits on piston crowns, cylinder heads 


around exhaust valves, valve faces and seats, and in tur- 
bocharger gas sides. 

Sediment Sediment in fuels consists of insoluble mat- 
ter, which may include sand, rust, and catalytic fines as 
well as tar-like polymerized hydrocarbons and precipi- 
tated asphaltenes, both of which break down under the 
heat of combustion and form lacquer and tarry deposits 
that impair the movement of parts and sometimes inter- 
fere with fuel-nozzle spray patterns. Sediments con- 
taining abrasive materials or large amounts of organic 
materials can damage high-pressure fuel pumps and fuel 
nozzles. Sediments are removed by centrifuges and 
filters. 

The ash and sediment contamination of combustion 
chambers is a very important consideration for trunk pis- 
ton engines because the lubricating-oil system in the 
crankcase is common with the cylinder lubricating-oil sys- 
tem, and will be contaminated by any combustion products 
swept past the pistons. 

Water , Water can be introduced into the fuel during 
shipment, or as a result of condensation during storage. 
The water content of fuel that is delivered by tanker or 
barge may occasionally be above specified limits as a re- 
sult of direct seawater contamination. Freshwater con- 
tamination may cause an additional problem because 
fresh water tends to collect water-soluble metals and salts 
that are present in heavier fuels. 

Water, especially salt water, is objectionable in diesel 
fuel as it may cause injector and piston groove deposits 
and corrode engine components. Salt water is the greatest 
single cause of fouling, deposits, and corrosion, especially 
in the higher-temperature areas of a power plant. Opera- 
tors of diesel engines that burn residual fuel of any grade 
centrifuge these fuels to remove water as well as sedi- 
ment for the protection of the fuel systems and the en- 
gines. Salt water can also create a large volume of separa- 
tor sludge as a result of water-sludge emulsification 
during centrifuging. 

Water can provide the beginning for microbial growth 
in heavy fuels. These very simple life forms live in the 
water and feed on the heavy fuel at the water-fuel inter- 
face. The result of microbial matter in the fuel can be a 
slime, which is sometimes corrosive, that fouls strainers, 
filters, and separators. An immediate solution to this prob- 
lem is to add a "biocide” chemical additive to the fuel to 
kill the growth. The much preferred solution is to regu- 
larly drain the water, which this growth requires to exist, 
from the bottom of tanks. 

Catalytic fines. Various silica/ alumina- based catalysts 
are used during the fluidic catalytic cracking refining pro- 
cess. The catalyst (cat) fines, which are usually hard, abra- 
sive compounds, sometimes become entrained and deliv- 
ered in the fuel oik They can cause severe damage to 
diesel engines if they are not removed. Small cat fines [1 
to 10 microns {pmj] can cause damage to injection pumps 
and injectors. Larger fines (10 to 70 ^m) can cause acceler- 
ated wear in piston rings and grooves, cylinder walls, 
exhaust valve seats, stuffing boxes, and turbocharger 
blading. Depending on their physical size and concentra- 
tion in the fuel, cat fines generally cannot be effectively 
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removed by centrifuging. To control cat fines to low lev- 
els, 5-pm filtration is necessary after centrifuging. The 
removal of cat fines is confirmed by monitoring the alumi- 
num and silicon contents in the treated fuel. 

c. Effect of chemical impurities on boiler perform- 
ance, Residual fuels are generally used to fire commer- 
cial marine boilers. Poorer quality residual fuels are usu- 
ally less expensive but they increase the risk of high- 
temperature deposit formation and corrosion of steam- 
generator, superheater, reheater, and economizer tubes. 
Corrosion may become more troublesome when burning 
fuels that have very high sulfur, carbon residue/asphal- 
tenes, vanadium, or sodium contents. 

During combustion at high temperatures, a series of 
chemical reactions takes place between vanadium, so- 
dium, and sulfur from the fuel and oxygen from the air, 
A large number of reactions can possibly occur, some of 
which are transient. For example, with a limited air supply 
and with fuels having a low sulfur content, only small 
amounts of sulfur oxides are formed, while vanadium 
compounds with lower oxygen contents, such as VO, V 3 G 4 , 
and V 2 0 3 , are produced, all with high melting points. With 
ample oxygen present, chemically active vanadium pent- 
oxide, V 2 0 5 , which has a lower melting point (690 C), is 
formed. Similarly, sodium chloride reacts with sulfur and 
oxygen to form sodium sulfate (NaSG 4 ) with the evolution 
of chlorine gas (Cl 3 ). 

The fouling of superheater and economizer tubes in oil- 
fired boilers is of different forms with different results, 
but is due to the flue gases which may contain solid parti- 
cles (carbon /ash cenospheres) liquids, (including unburnt 
liquid hydrocarbon droplets), liquefied salts, and vapor- 
ized complex salts. 

Furnace waterwall and generating-tube surface tem- 
peratures are relatively low and tend to freeze, or solidify, 
gaseous and some liquid particles which contact them. 
Solid particles tend to fall off and are carried out of the 
furnace in the flue gases. At the higher temperatures in 
the superheater zone, particularly above 600 C, volatile 
alkaline salts will condense and form a sticky, semimolten 
deposit layer on the metal surfaces. Apart from promoting 
corrosion, such deposits act as insulators, raising the 
outer layer temperature. Although this may reduce the 
risk of corrosion, the sticky, semimolten surface has a 
flypaper effect, trapping higher-melting-point metallic 
salts and carbon /ash particles. Subsequently, the deposit 
layer thickness can increase to the point where the tube 
spaces are bridged. This seriously affects combustion and 
the draft loss and rapidly increases further solid deposi- 
tion so that the boiler has to be shut down for expensive 
cleaning. 

In addition to problems associated with ash deposition 
and corrosion at high temperatures in oil-fired watertube 
boilers, other major potential problem areas involve the 
conversion of S0 2 , formed during combustion of sulfur in 
the fuel, into SG 3j which at low-temperature zones in a 
boiler can combine with H 2 0 vapor to form H 2 S0 4 , When 
condensed, this strong mineral acid is highly corrosive to 
cool, steel surfaces, such as air heaters, economizers, and 
boiler uptakes. 


During the combustion of fuel oil, the sulfur reacts with 
oxygen in the combustion air to form sulfur oxides in two 
possible forms: 

(1) S + 0 2 -* S0 £ (sulfur dioxide) 

(2) SQ 2 + 7 3 0 2 S0 3 (sulfur trioxide) 

An equilibrium constant for the conversion of S0 2 to S0 3 
in the presence of excess oxygen enables the S0 3 /S0 2 
ratio to be calculated as a function of temperature and 
partial pressure. From a theoretical point of view, only 
SO a eoutd*be formed within the flame. Further oxidation 
starts at 1000 C, when the flue gases leave the furnace 
and the temperature declines. Below about 580 C, with 
excess air, there could be a rapid conversion to SO s , and 
conversion could be complete at 800 C. 

In practice, equilibrium conditions do not exist, espe- 
cially as yarying amounts of excess air are usually present 
and from about 2 to 5% of S0 3 may be formed in the flame, 
or high-£emperature zone, in the furnace. The speed of 
conversion may be accelerated by catalysts such as Fe 2 0 3 
and V 2 0 5 , which are themselves products of combustion 
reactions. Bearing in mind that the residence time of the 
flame and subsequent combustion gases within the fur- 
nace seldom exceeds two seconds, it is apparent that it is 
virtually impossible to identify the intermediate chemical 
reactions. As a result, various hypotheses have been ad- 
vanced by investigators on the cause(s) of SG 3 in the high- 
temperature zones, as well as on the causes of subsequent 
conversion of S0 2 to SQ 3 in the cooler convective zones 
and the speed of the reactions involved. 

For example, catalytic oxidation has been suggested as 
the main cause of severe corrosion of air heater tubes in 
boilers operating at high steam temperatures. In one case, 
with the superheater tube metal temperature at about 600 
C and the surfaces covered with deposits having a high 
V 2 0 5 content, the subsequent air heater metal corrosion 
was high. 

With a constant amount of oxygen in the flue gases, 
there is a linear relationship between the residence time 
of the gases in the reaction zone and the amount of S0 3 
formed; the longer the residence time, the greater the 
amount of S0 3 . Furthermore, as would be expected, there 
is a direct relation between the amount of surplus oxygen 
available and the amount of S0 3 produced. 

d. Petroleum fuel oil additives. As the quality of 
residual fuels has declined, the simple purifying, filtering, 
and heating of the fuel prior to combustion has become 
insufficient for an engine that burns residual fuel. The 
increased levels of vanadium, sulfur, and various other 
ashes, beyond what standard fuel-treatment methods can 
control, corrode and otherwise degrade engine parts and 
performance. Higher levels of asphaltenes produce more 
sludging and fouling problems. Also, at higher fuel prices, 
the separation and disposal of asphaltenes, with their in- 
herent heating value, becomes a significant avoidable 
waste. Increased blending, required to achieve fuel speci- 
fications, can lead to an increase in stratification and in- 
compatibility, Also, as the specific gravity of a fuel in- 
creases, the removal of both free and emulsified water 
becomes increasingly difficult. 
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Both chemical and mechanical means exist to combat 
these and other problems. A chemical approach through 
additives can be a cost-effective solution to a particular 
problem. The additives, which are most effective, are dis- 
cussed generally in this section and Section 2; they are: 
demulsifiers, emulsifiers, stabilizers and dispersants, ash 
modifiers, and biocides. 

Demulsifiers. Demulsifiers are organic chemical addi- 
tives that reduce the interfacial tension (film) between the 
water droplets and the fuel oil This causes the water 
droplets to coalesce and break away from the fuel. An 
additive of this nature is usually added in the storage tank 
before bunkering fuel. When mixed with the fuel, it allows 
the separation of water by gravity to occur at a faster 
rate during storage. A demulsifying agent also improves 
the ability to remove water during subsequent handling 
and centrifuging operations. As the heated (and therefore 
less dense) fuel is centrifuged, the demulsifier will allow 
the remaining water to separate more freely from the fuel 
oil This is most beneficial when the water exists as a fine 
dispersion or as an emulsion. 

Emulsifiers. Emulsifiers are organic chemical addi- 
tives that stabilize and enhance the interfacial film sepa- 
rating the water droplets and the fuel oil. The main pur- 
pose in using an emulsifier additive is to stabilize the 
dispersion of clean, fresh water that is intentionally added 
to the fuel to reduce the combustion temperature. This 
has the beneficial effect of reducing the NO* emissions, 
which form at high combustion chamber temperatures. 
By chemically stabilizing the film around the water drop- 
let, the storage life is increased and the mechanical energy 
needed to generate the emulsion is reduced. Emulsifying 
chemicals should not be used prior to centrifuging since 
stabilized emulsions can greatly reduce the effectiveness 
of a centrifugal separator to remove solids or water. 

Stabilizers/dispersants. Stabilizers and dispersants 
are primarily used to improve the handling characteristics 
of a fuel but can increase the fuel’s heating value some- 
what and decrease maintenance costs. Stabilizers and dis- 
persants help to reduce the formation of sludge and en- 
courage the dispersion of existing sludge. This reduces 
fuel costs because the sludge, which has a significant 
energy content, would otherwise be removed by the cen- 
trifuge. Asphaltenes (high levels of which tend to lead to 
sludge formation) can be dispersed throughout the fuel as 
very fine particles with dispersant additives. The additive 
acts by incorporating surfactants to form a surface film 
on the oil-asphaltene interface. It provides enough addi- 
tional surface tension to break the asphaltenes into mi- 
nute particles and maintain the stability of the fuel oil, 

Ash modifiers. As a means of avoiding high-tempera- 
ture corrosion, ash modifiers react with corrosive chemi- 
cal elements during combustion to raise the melting tem- 
peratures of the compounds above the level that can be 
reached during the combustion process. One of the pre- 
dominant types of ash modifiers is magnesium in different 
forms. Magnesium compounds are introduced in the fuel 
system by a metering pump after the purifier, or before 
the service tank. When they enter the combustion cham- 
ber, the magnesium combines with vanadium by-products 


and forms magnesium vanadates having high melting 
points, which pass harmlessly out the stack instead of 
adhering as a slag to exhaust valves, piston crowns, and 
turbocharger nozzles in diesel engines and to superheater 
tubes in boilers. 

The sulfur in fuel combines with oxygen to form sulfur 
dioxide. Sulfur dioxide is itself relatively harmless and 
passes out the stack. However, if vanadium is present, 
sulfur trioxide (S0 3 ) will form due to the catalytic action 
of vanadium. A magnesium additive in the fuel removes 
the vanadium and masks the existing vanadium deposits; 
thus, much less SO s forms. The SO a that is present com- 
bines with the remaining magnesium to form powdery 
sulfates, which harmlessly pass out the stack. 

An analysis of the fuel vanadium content must be un- 
dertaken to determine the proper additive dosages. An 
overdosing of ash modifiers can create an additional prob- 
lem with modifier deposits. These deposits can have hard 
surfaces, which can lead to the abrasive wear that they 
were intended to prevent. 

Biocides. Biocides are chemical additives that are in- 
tended to kill microbiological growth in residual fuel oil 
tanks and piping. Microbiological growth can live in the 
water that accumulates at the bottom of fuel-oil tanks and 
feed on the hydrocarbon fuel oil at the water-oil interface. 
Biocides are also utilized to prevent microbiological 
growth from contaminating a fuel-oil system. Microbio- 
logical growth cannot live in a tank without water; good 
housekeeping practices, such as keeping the tank bottoms 
drained and maintained free of water, are as important as 
biocides in the strategy to keep microbiological growth 
out of marine storage tanks and marine fuel systems, 

e. Petroleum f u el-oi l exhaust emissions. Ship stack 
emissions, in the form of gases and particulates that add 
to air pollution, are monitored by authorities concerned 
with overall air quality. The discharge of visible smoke is 
restricted in many port areas, and restrictions are placed 
on ship operators regarding the discharge of particulates 
and sulfur and nitrogen oxides. Therefore, apart from the 
effects on equipment and operating conditions, the quality 
of the fuel oil burned also has a direct effect on the emis- 
sions discharged by a vessel into the air. 

In some cases the discharge of sulfur oxides is con- 
trolled in a port area, with the regulations placed on the 
sulphur content of the fuel used in port. In such cases, 
operating on a higher-quality fuel oil with a low sulfur 
content while in port could comply with regulations. How- 
ever, in some cases, the discharge of nitrogen oxides is 
also controlled, and the most practical solution may be to 
secure the engines and operate on shore power while in 
port. 

f. Petroleum fuel-oil toxicity. With good standards 
of personal and industrial hygiene, marine fuel oils, prop- 
erly used for their intended purpose, present no signifi- 
cant health hazards. However, prolonged exposure to fuel 
oils may cause dermatitis and skin cancer. To avoid unnec- 
essary or prolonged contact with petroleum products, the 
following precautions should be followed: 

a. Use working procedures which will minimize skin or 
eye contact with petroleum products. 
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b . Wear adequate protective clothing such as imperme- 
able gloves, when appropriate* 

c. Remove any clothing that has become soaked with 
oil and use soap and water to thoroughly wash the skin 
that has been in contact with oil* 

d. Do not put oil-soaked rags or oily tools into clothing 
pockets. 

e. Do not use hydrocarbon solvents for washing oil 
from the skin. Avoid inhaling hydrocarbon vapors. 

f. Avoid inhaling oil mist and vapor particularly from 
the more volatile products. This is especially important 
since waste solvents, acids, and strong base mixtures are 
sometimes dumped into marine fuel-oil tanks. 

g ■* Avoid the accidental injection of fuel oil into the skin 
while testing fuel-injection equipment. 

1.3 Petroleum Fuel-Oil Specif leaf ions* Commercial re- 
fineries produce the fuels sold to commercial marine ships 
as well as to military ships. Even when the commercial 
and military marine fuel volumes are combined, the ma- 
rine fuels consumed represent only a small portion of the 
total refinery volume produced. Therefore, marine fuels, 
especially the residual types, are the by-products of other 
major fuel consumers 1 needs, and the special needs of the 
marine operator are of little influence. 

The types or grades of commercial marine fuels vary 
widely from gas oil, to marine diesel fuels, to blended fuel 
oils, and finally, to heavy residual oils* Gas oils are clean, 
clear distillates that are shipped in dedicated clean tanks 
or containers, such as drums. These fuel oils are used for 
emergency diesels, lifeboat diesels, etc. Marine gas oil is 
comparable to No* 2 fuel grade (e*g., ASTM D 975), which 
is used commercially ashore and is stable for long storage 
periods. 

Marine diesel oils (MDO) are actually two different fuel 
oils. MDO-light, which is also known as distillate-type 
MDO, is generally marine gas oil that is handled in barge 
tanks that are also designated for the carriage of residual 
(black, dirty) fuel. MDO-light has a dark color but is essen- 
tially a clean distillate with very little sediment and a 
carbon residue below 0*2% (mass)* M DO-heavy is 80 to 
90% MDO-light that is blended with 10 to 20% residual 
fuel oil and is handled in a residual fuel-oil barge. Due to 
its residual fuel-oil content, M DO-heavy can be used only 
in diesel engines that are designed to have a blended resid- 
ual fuel-oil capability. The carbon residue of MDO-heavy 
is generally above 1*5% (mass). 

Heavy residual fuel oils (HFO) have the highest viscos- 
ity and density of any product sold by a refinery as fuel 
oIL In many cases, the ships 1 systems cannot handle these 
heavy residual fuel oils, so they are blended to produce a 
fuel that is suitable for use. Blended residual fuel oils, or 
intermediate fuel oils (IFO), are mixtures of MDO and 
heavy residual fuel oils and are blended to improve the 
viscosity, density, vanadium content, carbon content, or 
other characteristics of a heavy residual fuel. Residual 
fuels are generally classed by their viscosity in centi- 
stokes; however, because of the use of differing viscosity 
designation temperatures, the one that applies should be 
stated with the viscosity value* 


a* Residual-fuel specifications* Most commercial 
steamships and motorships, other than river and coastal 
vessels, bum residual fuels because of their lower cost 
Several levels of specifications and standards are applica- 
ble to residual fuel oil* General standards are supplied by 
national organizations, such as the American Society for 
Testing and Materials and international groups, such as 
the International Standards Organization and the Interna- 
tional Coined on Combustion Engines. However, these 
specifications may not be sufficiently detailed for all users 
and may indicate only minimum requirements. The refin- 
ers also have their own specifications that are generally 
met in the refining and blending process. The refiner's 
specifications may be modified to accommodate customer 
needs, or the refiner may search out markets that can be 
satisfied by his specifications. Oil traders who deal with 
residuatfuel also have specifications that either meet the 
needs of the final customer or provide sufficient quality 
to sell the oil in open markets* In addition, engine and 
fuel-treatment equipment manufacturers have their own 
specifications, which outline minimum requirements for 
trouble-free equipment operation* Finally, the ship opera- 
tors have specifications that reflect their capability to 
treat and dean the oil* These specifications are generally 
available from the various sponsoring organizations. 

The operator of a propulsion plant that uses residual 
fuel should be aware of the various specifications and 
realize that there are many significant differences among 
them, depending on their purposes. For example, a diesel 
engine operator will not necessarily buy residual fuel that 
complies with the engine manufacturer’s specifications. 
Residual fuel with higher levels of incidental contamina- 
tion may be purchased provided the contaminants can 
either be safely removed or rendered harmless by a fuel 
treatment system. After cleaning and treatment, the fuel 
should meet the engine manufacturer's specifications* 
b* Diesel engine fuel specifications. High-speed 
diesel engines are generally operated on marine gas oil 
and marine diesel oil (distillate type) fuels. Most low- and 
medium-speed diesel engines, which have been appropri- 
ately designed, are capable of burning residual fuel* The 
larger, low-speed, crosshead engines are generally recog- 
nized as having a higher tolerance to burn the poorer 
grades of fuel because more time is available for the com- 
bustion process to take place* Typical residual-fuel specifi- 
cations published by engine manufacturers are presented 
in Table 1. A range of values for the property levels is 
indicated for several engine types* The data in Table 1 
reflect the range of the most common engine classes or 
models offered by the largest engine manufacturers. In 
general, the specification ranges are consistent Specific 
requirements for a given engine model can be obtained 
from the manufacturer* 

c. Military fuel specifications. Military fuel oils are 
distillates that conform to military or NATO (North Atlan- 
tic Treaty Organization) specifications* The MIL-F-16884 
designation is a clean distillate, similar to commercial No. 
2 diesel fuel oil, with some additional fuel characteristic 
restrictions to suit multipurpose requirements and ex- 
tended periods of storage. MIL-F-16884, DFM, and NATO 
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Table 1 Typical residual-fuel oil specifications for large diesel engines 


Specification 

Colt-Pie istrek 

Engine Manufacturer 
MAN B&W 

Suker 

Viscosity 

SUS @ 100 F, max 

4000-7000 


4 

cSt ® 50 C, max 

380-325 

IStMSOO 

IS Ch$00 

Redwood No, 1 sec @ IOC F, max 

3500-6000 

3500-6000 

3500-6000 

Carbon residue, Conradson, wt%, max 

12.5-22 

10-22 

5-22 

Sulfur, wt%, max 

3. 5-5.0 

3.0-6. 0 

2. 4-6.0 

Ash, wt%, max” 

0*10 

0.10-0.20 

0.05-6,20 

Bottom sediment and water, vol%\ max 

0.1 

0. 2-1.0 

1. 0-2.0 

Cetane number, min 

30 

25-35 

24-40 

Gravity, deg API, min 

12.6 



Density, g/mL S 15 C, max 


0.98-6.99 

0.92-6,99 

Aluminum content, ppm, max 

30 

30 

30 

Sodium content, ppm, max 

100* 

50-75 

30- 100 

Vanadium content, ppm, max 

100-600° 

150-600 

100-600 

Pour point, deg C, max 

Cloua point, deg C, max 

local 



local 



Flash point, deg C, min 

65 or legal 

65 

65 


a Must be reduced to 0.10% before use in engine, 

b Special exhaust valves may be required if sodium and vanadium are present* 


F-76 are the same fuel and must be handled as a clean fuel 
to remain within specification limits. The JP-5 category is 
a light distillate fuel oil used for aircraft gas turbines and 
selected high speed diesel engines. JP-o is comparable to 
a commercial No* 1 fuel oil and is lighter than MIL-F- 
16884. 

d* Environmental considerations. Local environ- 
mental requirements may place further limitations on fuel 
specifications. Of particular note is the sulfur content, 
which could be limited to a level much less than that which 
the engine is able to tolerate. Local restrictions on sulfur 
dioxide emissions could result in sulfur limitations of 0.3 
to 1*0% or lower. Other fuel properties associated with 
emission levels may also be constrained due to local regu- 
lations. 

1.4 Fuel Testing* A fuel-testing program is essential 
to ensure reliable engine operation* Even though fuel is 
purchased as being in compliance with the appropriate 
specifications, in-transit contamination can severely alter 
the quality of the delivered product* Treated and cleaned 
fuel must also be tested to ensure adequate operation of 
fuel-treatment equipment Immediate test results con- 
cerning fuel quality are often required to support deci- 
sions on plant operations. An on-site laboratory is recom- 
mended for all but the most sophisticated test procedures. 


Most of the standard tests can be performed without ex- 
pensive equipment, 

For fuel tests to be meaningful, a representative sample 
of the fuel oil must be obtained as it Is being delivered on 
board the vessel. It is important that a continuous sam- 
pling be taken throughout the entire bunkering period, as 
the quality may change due to stratification within the 
bunkering barge or changes in the blending ratios. Marine 
fuel-analysis programs have detailed instructions con- 
cerning the procedure to be followed when sampling fuel 
oil 

Typical tests conducted aboard ship include those for 
viscosity, water content, specific gravity, particle content, 
pour point, and compatibility. 

To obtain complete and accurate fuel-oil analyses, fuel- 
oil samples must be sent to a shoreside laboratory. A 
sho reside laboratory can confirm that a fuel meets pur- 
chase specifications and can provide notification of con- 
taminant levels, incompatibility, excessive water content, 
and other potentially damaging characteristics of the fuel* 
The independent test laboratories provide an unbiased, 
third-party analysis of the fuel oil received and facilitate 
the resolution of disputes. 


Section 2 

Propulsion Fuel-Oil Systems 


2.1 Fuel-Oil Storage System Arrangement. The fuel- 
oil storage, settling, and transfer systems for steam, die- 
sel, and gas turbine plants are similar. Figure 10 illus- 
trates a residual-oil and diesel-oil fill, transfer, and stor- 
age system for a typical steam propulsion plant. The 
system configuration is for operation on 600 cSt fuel oil, 
which is heavy residual oil* A comparable fuel -oil storage 
and purification system for a diesel propulsion plant is 
illustrated by Fig. 11* 


The fuel-oil transfer system provides the following 
functions: 

* The transfer of fuel oil from any tank used for stor- 
age to any other tank* 

• The transfer of oil from the fuel-oil storage tanks to 
the settling tanks through each settling tank fill line 
with automatic shutdown of the transfer pump upon 
reaching the settling tank high-level alarm* 
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Fig. 10 Steam propulsion plant residual Fuel -oil and diesel-oil fill, transfer, storage, and purification system 
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Fig. 11 Diesel engine residual fuel -oil and diesel -oil fill, transfer, storage, and purification system 
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* The stripping of water from settling tanks* through 

the stripping and drain connection. 

* The discharge of fuel oil to the filling stations. 

Residual fuel and diesel oil are loaded through deck 
fill connections that have sample connections provided to 
permit the fuel to be sampled as it is taken aboard. Resid- 
ual fuel is stored in the heated fuel-oil storage tanks. 
Diesel oil is stored in the diesel-oil storage tank, and does 
not normally require tank heating. Residual fuel is trans- 
ferred from the storage tank to either of the fuel-oil set- 
tling tanks via the fuel-oil transfer pumps, which are 
equipped with a suction strainer. The system is configured 
to permit either transfer pump to discharge to either set- 
tling tank. The fuel oil is retained in the settling tanks 
until it is forwarded to the boilers by means of the fuel- 
oil service system* as illustrated by Fig. 12. Drain connec- 
tions should be provided at the bottom of settling tanks 
to permit 

# Draining of tank bottoms directly to a sludge tank. 

. Stripping of the tank by means of the fuel-oil trans- 
fer pump. 

All piping from the storage tanks to the settling tanks as 
shown in Fig- 11 should be trace heated and insulated to 
prevent the fuel from congealing in the lines. 

Fuel-oil storage tanks . Residual fuel oil storage tanks 
have heating coils to control the tank temperature an 
maintain the fuel oil 5 to 10 deg C above the pour point 
of the fuel until it is transferred to a settling tank. 

Fuel-oil settling tanks. Settling tanks are used to ^ac- 
complish several objectives in the treatment of heavy fuel 
oil. Settling tanks are used to permit gross water and 
solids to settle to the bottom, and provisions are also made 
to heat* deaerate, and thermally stabilize the fuel. Settling 
tanks are usually designed to accept fuel oils with a 60 C 
minimum flash point. The use of two settling tanks is 
the most common arrangement with each settling tank 
holding enough fuel oil to operate one day at full power. 
However, other designs have provided a settling tank resi- 
dence time of up to four days. As soon as the settling tank 
(settler) is filled* it is heated to 60 to 80 C* but not higher 
than 10 deg C below the flash point. 

Early accepted practices permitted the storage of ma- 
rine fuel oils at any temperature below the flash point; 
however, experience has shown that explosive atmo- 
spheres can collect in the tank head space above cracked 
fuel oils even though the bulk fuel-oil temperature is well 
below the flash point. Additionally* if shoreside petroleum 
waste products have been mixed with a marine fuel oil* 
the lower flash point of the waste products could greatly 
lower the flash point of the fuel oil. This lower flash point 
may not be reported. More likely* the higher flash point 
of the basic fuel oil would be reported. As a result* the 
condition of flame arresters on fuel tank vent lines is of 
great concern* and the careful and safe use of ullage 
equipment is imperative. 

Settling tanks provide a thermal stabilization function 
by raising the temperature of the fuel above that of the 
storage tank and maintaining this higher temperature un- 
til the fuel oil is delivered to a heater set. In a steam plant 


system, the heater set is the boost heater to the boiler 
front In a diesel system* operating on residual fuel oils* 
the settling tank fuel is delivered to the purifier heater 
set, and it is in this service where the thermal stabilization 
function is most needed. A stable settling tank fuel tem- 
perature provides stable purifier fuel temperatures to 
maintain high separation efficiency in the purifier. In a 
diesel propulsion system* once the fuel in the settling tank 
has been heated to the selected temperature* the heat 
source should be secured and the fuel allowed to settle 
undisturtfed for as long as practicable. The settling tanks 
should be insulated insofar as practicable to reduce the 
heat loss. The heat source to a settling tank should be 
secured once the fuel is up to temperature since a continu- 
ous heating of the settling tank produces thermal currents 
within the tank* which interfere with the settling process. 
With the source of heat secured* the settling tank will 
slowly l$se temperature; and* if the settling tank tempera- 
ture dr6ps below the selected minimum settling tempera- 
ture before the settling tank contents are used, the tank 
heating should be reactivated until the maximum settling 
temperature is restored. 

A settling tank should be relatively shallow with the 
bottom sloped to improve the ability of water and sedi- 
ment to migrate to one region and be stripped. W here as 
a shallow settling tank may optimize the settling of water 
and solids* it creates some problems with reentrainment of 
tank bottom contaminants into the fuel oil during heavy- 
weather conditions. A perforated baffle plate may be in- 
stalled about eighteen inches above, and parallel to, the 
sloped bottom to reduce the reentrainment of settled wa- 
ter and solids with the fuel during operation in heavy 
seas and during tank filling and recirculating modes of 
operation. 

The settling tank fill line should be installed below the 
mid-height of the tank and direct the fuel oil against the 
tank wall to reduce splashing. This arrangement also re- 
duces air entrainment and minimizes the danger of a com- 
bustible-gas buildup within the unfilled section of the 
tank. Additionally, it minimizes agitation of sediment in 
the bottom of the tank. Settling tanks have high and low 
suction lines that are usually fitted with suction bell- 
mouths having downturned diffusers. The downturned 
diffusers minimize the ingestion of air and prevent vorti- 
ces, which may be caused by the pump suction. Normally, 
the fuel-oil suction is taken from the lower suction* and 
this suction should be used unless water is detected, in 
which case the upper suction would be used. The settling 
tanks should have bottom drains that can be used to re- 
move water and sludge from the tank; the water and 
sludge should be removed from the tank on a regular 
basis. Settling tank vents should be fitted with a corro- 
sion-resistant flame screen and discharge above the main 
deck. The vent should contain a drain trap to collect and 
prevent any condensed water vapor from running back 
into the fuel oil tank. A tank gaging system as well as a 
low- and high-level alarm is provided to assist settling 
tank operations. An overflow connection is located at the 
top of each tank and is piped to an overflow tank. 
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Fuel-oil service tanks. Service tanks* or day tanks* 
have an important function in the treatment of residual 
fuel oil. Service tanks complement settling tanks and pro- 
vide an additional opportunity to further settle water and 
solids out of the fuel* heat the fuel* and thermally stabilize 
the fuel. A single service tank can be used in conjunction 
with two settling tanks. The single service tank can be 
continuously filled by the centrifugal separators and then 
overflow to the settling tanks; however, two service tanks 
are preferred to ensure that a supply of clean, treated 
fuel is always available. 

When two service tanks are used* one supplies dean* 
heated* deaerated fuel oil to the system while the other is 
used to process fuel oil for the following day. The service 
tanks should be arranged and have piping and venting 
features similar to those of settling tanks. 

2.2 Fuel-Oil Transfer System Arrangement* A transfer 
pump (or pumps) is provided to move fuel oil from a stor- 
age to a settling tank as indicated by Figs, 10 and 11, A 
positive-displacement transfer pump (or pumps}* pro- 
tected by suction strainers* a pressure relief valve* and 
pump bypass line* is normally fitted. For the arrangement 
illustrated by Fig. 11* in the event that the single transfer 
pump is inoperative* either one or both of the purifier 
pumps* by suitable arrangement of valving, can provide 
backup transfer capability. The transfer pump flow rate 
is dependent upon the fuel consumption rate and the size 
of the settling tank. 

Operational flexibility in the transfer system can be 
provided by an appropriate arrangement of the system 
valves. This valving normally permits fuel oil to be 
pumped from any storage tank to either settling tank* to 
other fuel-oil storage tanks* or* in some arrangements* 
overboard to a barge or other storage facility. 

2.3 Steam Plant Fuel-Oil Service System. The fuel-oil 
handling system in a steam plant is simple* consisting 
of storage, settling, and service tanks* transfer pumps* 
service pumps* heater sets* and drain-collecting systems. 
Fuel-oil treatment consists of little more than settling 
solids and water in a heated settling tank. The service or 
boost system consists of a pump and a heater along with 
a flow- or pressure-regulating control. In most automated 
systems, a fuel-oil quick-closing valve secures the flow of 
fuel upon flame failure* loss of fuel pressure, or a loss of 
combustion air supply. 

A typical fuel-oil service system for an oil-fired steam 
propulsion plant is illustrated in Fig. 12, Residual fuel is 
taken from the settling tanks through a common suction 
line* which is fitted with a duplex strainer. The system is 
arranged so as to maintain a positive head at the fuel-oil 
service-pump suction. Two fuel-oil service pumps, one a 
standby, are provided with each pump being capable of 
supplying the total required fuel oil flow plus an addi- 
tional margin. Any excess in pump delivery is diverted 
back to the settling tank. These pumps are normally posi- 
tive-displacement pumps and are fitted with pressure re- 
lief bypasses* remote shutdowns* and isolation valves for 
ease of servicing. The fuel is discharged from the pumps 
to the service heaters where the temperature is raised to 
that corresponding to the viscosity for proper atomization. 


Two steam-heated* shell-and-tube or plate-type* fuel-oil 
service heat exchangers are installed* each with a capabil- 
ity of heating the fuel oil to 145 C. When the final fuel 
oil outlet temperature is controlled by a viscometer* the 
viscosity of the fuel oil is held constant, even though the 
fuel-oil temperature may vary slightly. It is important to 
use properly sized heat exchangers, which can provide 
the necessary heat input without overheating the fuel oil. 
Upon leaving the service heaters* the oil passes through 
a second duplex strainer* a viscometer* and a fuel flow- 
meter. From the flowmeter* the fuel goes to the burner 
management system* which consists of combustion-con- 
trol and solenoid-trip valves and the burner header piping. 
All heavy-fuel piping should be insulated and trace heated. 

The diesehoil storage system shown by Fig. 10 consists 
of a tank with an oiltight partition installed to separate 
the oil supply for the emergency diesel generator from 
the portion set aside for cold boiler start-up. Each com- 
partment has an independent level indicating system* and 
the tank is vented to the weather deck through a line that 
is equipped with a corrosion-resistant flame screen. 

A small service tank containing clean fuel oil* fre- 
quently marine diesel oil or gas oil, is used for start-ups 
when neither electricity nor steam is available. Fre- 
quently* this tank is located high in the engine space so 
such start-ups can be made without electrical power or 
service pumps. Alternatively* a hand-operated pump may 
be provided. 

2.4 Diesel Plant Fuel-Oil System. Fuel-oil pumping, 
heating* and treatment systems in motorship engine 
rooms vary in detail* but the broad principles are common 
to both slow- and medium-speed engines that burn resid- 
ual fuel oil. Figure 11 illustrates a typical fuel-oil and 
diesel-oil fill* transfer, storage* and purification system 
for a diesel propulsion plant. Differences may occur in the 
characteristics of specific systems with the principal one 
being that fuel-oil piping should be insulated but need not 
be trace heated for fuel oils having a viscosity below 380 
cSt. 

For diesel engines that operate on residual fuel oils* an 
emergency shutdown will leave residual fuel oil in the 
piping* heaters* pumps* etc. If all fuel lines are trace 
heated and insulated, this is not a problem because, by 
recirculation* the temperature of the fuel oil in the system 
can be controlled to permit a successful restart. If the 
emergency shutdown is expected to continue for a consid- 
erable period of time* then the residual fuel oil should be 
purged out of the lines with marine diesel oil; this will 
permit the recirculation and trace-heating systems to be 
secured. With marine diesel oil in the fuel-oil service sys- 
tem piping when secured, the system will not have to be 
preheated upon restart* and any required maintenance 
will be much easier to accomplish with marine diesel oil 
in the piping system. 

Both residual fuel oil and diesel oil are taken aboard at 
deck connections* which incorporate a separate connection 
to permit a sample of the fuel to be taken as it is loaded. 
Residual fuel oil is loaded in storage tanks, which are 
fitted with heating coils. Diesel oil is similarly stored* 
although normally there is no requirement for storage 
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tank heating. In preparation for use, residual fuel oil is 
transferred to either of the fuel-oil settling tanks via the 
fuel-oil transfer punip and its associated suction strainer. 
When a single fuel-oil transfer pump is installed, backup 
is provided by crossover lines between the transfer and 
purification systems. Should the transfer pump be inoper- 
ative, fuel oil can be transferred directly from the storage 
tanks to either the settling or service tanks with either 

centrifuge. , 

A demulsifier may be injected into the fuel oil just up- 
stream of the transfer pump suction strainer. The purpose 
of the demulsifier is to facilitate the separation of water 
from the oil during the settler residence time. From the 
settling tanks, fuel oil is transferred to the service tanks 
via the purification system. Two fuel -oil centrifuges are 
generally installed with appropriate fuel supply pumps, 
heaters, and controls. Centrifugal separators, or purifiers 
and clarifiers as they are usually called, are the most 
widely used and probably the most reliable and efficient 
method of cleaning distillate and residual fuel oils. Centri- 
fuges have the advantage of being able to remove large 
quantities of water while still retaining good particle re- 
moval efficiency. Without the development of efficient 


centrifuges, especially the self-cleaning type, it is doubt- 
ful whether the burning of residual fuel oil in diesel en- 
gines would be feasible. The centrifuge service pump, 
fuel-oil heaters, sludge tank, and piping must be designed 
and integrated to properly support the centrifuge. The 
system and equipment are configured to permit operation 
of the centrifuges in parallel or in series either in a pun- 
fier/purifier or clarifier/clarifier or purifier/clarifier se- 
quence. A cross connection, which permits either pump to 
service either heater, is an advantageous feature. Purified 
fuel oil is discharged to the service tanks via a very fine 
duplex filter that is installed to remove catalytic fines that 
pass through the purifiers. The fuel oil is retained in the 
service tanks until it is forwarded to the main engine via 
the fuel-oil service system, which is illustrated by Fig. 13. 
Any overflow from the service tanks is directed to the 
settling tank. 

The arrangement of the settling and service tank dram 
piping should permit: 

• Draining of the tank-bottom sediment directly to a 
sludge tank. 

. Stripping of the tank by the fuel-oil transfer pump. 
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• Purification of tank-bottom sediment with the oil 
returned to the same tank or any other fuel-oil ser- 
vice or storage tank. 

Diesel oil is transferred from a storage tank by either a 
transfer pump or a purifier. The diesel-oil transfer system 
illustrated by Fig. 11 incorporates the following features: 

• Diesel oil is normally transferred from the storage 
tank to the service tank by the purifier system, 

• Diesel oil can be transf erred from the service tank 
to the emergency diesel generator service tank by 
either the diesel oil transfer pump or the purifier. 

• Diesel-oil can be transferred from any storage tank 
to any other storage tank with the system. 

• The diesel-oil service tank bottoms can be drained 
directly to the sludge tank. Additionally, a stripping 
connection permits pumping of the bottoms to any 
storage tank or the drains can be purified and trans- 
ferred with the purifier. 


2.6 Diesel Fuel-Oil System Components. 

a. Centrifuges. There is often confusion between 
the maximum throughput or rated capacity of a centri- 
fuge and the recommended service capacity. The rated 
capacity gives the maximum volume of fuel that can be 
passed through the machine. This is usually based on the 
treatment of light distillate fuel at ambient temperature, 
The recommended service capacity is the amount that can 
be passed through the machine at maximum separating 
efficiency. This is based essentially upon the dynamic vis- 
cosity of the fuel at the separation temperature. The maxi- 
mum separation temperature, irrespective of viscosity, 
has an upper limit of 98 C. Above this temperature there 
is a risk of the water seal being lost due to the formation 
of steam bubbles. 

Based upon centrifuge tests with fuels varying in vis- 
cosity from marine diesel oil (taken as 85 sec Redwood 1 
at 100 F or 14 cSt at 40 C) to the most viscous fuel likely 
to be sold for marine bunkers, namely, 6000 sec Redwood 
1 at 100 F or approximately 600 cSt at 50 C, the maximum 
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throughput capacities for the different viscosities are rec- 
ommended by the various purifier manufacturers. For 
Bunker C fuels and those more viscous, a maximum sepa- 
ration temperature of 98 C is recommended. 

To select a centrifuge that will provide maximum sepa- 
rating efficiency, the rated capacity of the centrifuge 
must be divided* by a factor that is a function of the fuel 
viscosity, For fuel viscosities of 180, 380, and 600 cSt, the 
rated centrifuge capacity is divided by 3.3, 4.0, and 6.7, 
respectively, to determine the recommended service ca- 
pacity for maximum separating efficiency. That is, the 
more viscous the fuel, the lower the recommended 
throughput rate and the larger the centrifuge required. 
The difference in specific gravity between the fuel be- 
ing processed and water, either fresh or salt, also influ- 
ences the separation efficiency. Straight-run residual 
fuels seldom have a specific gravity that exceeds about 
0.96, whereas the specific gravity of cracked residua! 
fuels can exceed unity. 

The specific gravity of most fuels is inversely propor- 
tional to the temperature; however, the specific gravity 
of water does not have a straight-line relationship with 
temperature. The maximum difference between the spe- 
cific gravities of oil and water occurs at about 85 C* and 
is slightly less at 98 C* From a specific gravity point of 
view* there is no advantage in heating the fuel above 
about 85 C* However* by increasing the temperature to 
98 C* there is a marked reduction in the viscosity of the 
fuel, which permits a more effective separation of sludge 
and solids. Centrifuge manufacturers generally agree 
that to effectively separate water and solids from high- 
specific-gravity* high- viscosity residual fuels, the 
throughput must be substantially less than that appro- 
priate for less-dense* less-viscous fuels. 

For engines that are intended to be operated on residual 
fuel* it is recommended that the centrifuge capacity be 
designed to treat fuels characterized as 600 cSt viscosity 
at 50 C with a maximum specific gravity of 0.991 and up 
to 5% water and possibly 2% sludge. A centrifuge having 
this capacity should be able to treat the poorest fuels 
likely to be offered as diesel engine fuels. 

Two properly sized * correctly operated, self -cleaning 
centrifuges are considered necessary to provide a reliable 
fuel-treatment system. Most engine warranties become 
invalid if centrifuges are not used. To establish and main- 
tain effective separator procedures, several fundamental 
principles should be noted: 

* The centrifuge is the first major stage of fuel 
treatment, 

* To treat contaminated fuel oils* supplementary ^sys- 
tems* in addition to the centrifuges, are required. 
These supplementary systems can consist of fine 
filtration* demulsifier chemicals, and homogenizer- 
emulsifiers, 

* Each centrifuge should be supplied with all parts 
necessary to operate as a purifier and as a clarifier 
as well as complete spares and a complete set of 
tools. 


* The single centrifuge flow rate (for series operation) 
or the combined centrifuge flow rate (for parallel 
operation) must not exceed the engine demand by 
more than 10%. 

* All residual fuel oil centrifuges should be on-line and 
operated continuously. This increases the effective 
fuel treatment time and further reduces contami- 
nants. 

* To properly adjust and operate a centrifuge, the 
following residual fuel-oil properties must be 
knowifl 

— viscosity, 

— specific gravity (or density), 

— compatibility of fuel oil, 

— water content* 

—mash content (bottom sediment content is an 

* alternative)* and 

T-catalyst fines content (aluminum content is 

* an alternative). 

This information can be used to make decisions on 
fuel treatment options. 

* When fuel is transferred to a settling tank from 
a different source, a specific gravity check of the 
settling tank should be made and the centrifuge 
gravity disk should be checked to ensure that it is 
correct. 

The centrifuge is the foundation of the total shipboard 
fuel treatment system. Its efficient operation is critical to 
the safety and reliability of the engines. Its operation 
must be thoroughly understood so that the shipboard en- 
gineers can immediately troubleshoot fuel-oil problems 
when they occur. Some conditions that can cause centri- 
fuge maloperation include the following: 

* Incorrect fuel handling before the separator, such 
as: improper barge blending, incompatible fuels* and 
emulsified fuels. 

* Improper flow* such as: varying flow rates, exces- 
sive flow rate* or flow with varying densities. 

* Improper temperature* such as: varying tempera- 
tures or too low a temperature. 

» Incorrect positioning of the water /oil interface, 
thereby inhibiting a uniform flow of oil through all 
disks; this is usually caused by using an improper 
gravity disk* A gravity disk establishes the separa- 
tion zone between the clean fuel and the water ac- 
cording to fuel temperature and density* As fuel 
characteristics change, the gravity disk must be 
changed to control the water-fuel separation zone 
for maximum efficiency* 

* Overloading the centrifuge with an accumulation of 
sludge* which is usually caused by extended de- 
sludging intervals, or incompatible residual fuel oils. 

The centrifuge valving is very important for proper 
start-up* to prevent contamination* and for effective oper- 
ation. Immediately before the centrifuges* valving should 
be provided that permits recirculation back to the settling 
tanks to provide settling tank mixing or heating in the 
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event that the heating coils in the settling tank are inoper- 
ative* Downstream of the centrifuges* the valving should 
permit recirculation back to the settling tanks so that the 
fuel centrifuged can be returned to the settling tanks. 
This is desirable because a considerable period of time is 
required for the flow rate and temperature to become 
uniform and for equipment adjustments to be made (grav- 
ity disks, back-pressure settings, etc.) commensurate with 
the stabilized conditions* 

A minimum of two centrifuges that are properly sized, 
arranged, and operated is required* Each centrifuge 
should be capable of purifying the total fuel requirements 
of the engine plus a 10% margin or surplus when op- 
erating at the recommended service capacity required for 
maximum separating efficiency. The series method of cen- 
trifuge operation is the preferred fuel flow arrangement* 
The first centrifuge is configured as a purifier to remove 
sediment* sludge, and water* The second centrifuge is 
configured as a clarifier to remove any remaining sedi- 
ment and solids from the fuel oil The second centrifuge* 
operating as a clarifier* provides a backup to the purifier 
in the event that the purifier malfunctions. 

If there is a high water content in the fuel oil* centrifuge 
operation in parallel is recommended* By configuring both 
of the centrifuges as purifiers in parallel and by reducing 
the flow rates by 50%, the fuel has twice the residence 
time in the purifier to remove water. When properly set 
up and carefully operated, parallel operation can produce 
the highest cleaning effectiveness and* thereby* the clean- 
est fuel oil to the engine* However, if one of the purifiers 
should malfunction* there would be no provisions to pre- 
vent the contaminated oil from going directly to the 
engine* 

The series and parallel modes of centrifuge operation 
entail both advantages and disadvantages; therefore, to 
determine the most appropriate operational mode, the fuel 
flow, viscosity , density, water content, sediment and ash 
content* contamination, and compatibility must be as- 
sessed. When the fuel oil has a high water or sediment 
content* a parallel purifier/purifier alignment would be 
preferred* But if the fuel contains impurities that can 
be severely damaging* the risk of a purifier malfunction 
would suggest a series purifier/clarifier mode of oper- 
ation* 

Three centrifuges are commonly installed aboard ship. 
The third machine is nominally a spare, but it can be used 
to provide a parallel purifier-purifier alignment followed 
by a clarifier for cleaning highly contaminated fuel* 

b* Filters and strainers. Coarse strainers are in- 
stalled in fuel systems to protect pumps and other compo- 
nents from relatively large fuel contaminants. In diesel 
plants the filtration provisions are major components of 
the fuel-oil treatment system* with perhaps only the puri- 
fication provisions being more essential* Because of the 
high ash, solids, and catalyst particle content in residual 
fuel oils, supplemental filtration is recommended. The fil- 
tration provisions can be considered as a backup to the 
purification system* but they are* nevertheless* essential 
to ensure that the fuel supplied to the engine is free of 
damaging contaminants. The filtration system should be 


piped and valved to permit cleaning and replacement with- 
out an interruption in fuel flow. When properly designed* 
a filtration system can positively control solids that would 
otherwise damage high-pressure pumps, injection sys- 
tems, cylinder liners and piston rings of diesel engines. 
Under normal operating conditions, the filter elements 
require replacement at 2000- to 4000-hour intervals. 

Fine residual fuel-oil filters can be used in conjunction 
with homogenizers to reduce the asphaltenes and sludge 
that frequently accompany the fine abrasive solids in fuel 
oil. In fact* the majority of the contamination in a fine 
filter is frequently nonparticulate* organic* and hydrocar- 
bon in nature. The primary purpose of a homogenizer is 
to disperse the sludge or asphaltene in the fuel oil to 
prevent the removal of these hydrocarbons while filtering 
the fuel oil. The use of a homogenizer can, therefore, 
greatly increase the life of filters* reduce the amount of 
sludge that is removed from the fuel and must be handled, 
and decrease the amount of fuel heating value that is lost 
in the form of sludge. 

Besides solids, filters also remove trace quantities of 
free water from marine residual fuel oil. Centrifuges re- 
move the majority of the free water from the fuel; how- 
ever* trace amounts remain. While removing the trace 
water may seem unimportant, shipboard testing has 
shown injection pump life increases of 100% after the 
addition of filters that removed trace water. The water 
sumps in the filters should be drained daily to prevent the 
water from accumulating* rising above the sump level, 
and “wetting” the filter elements. 

Automatic filters or auto-flushing filters contain perma- 
nent* metal-screen type filters that self-purge to maintain 
a clean screen for continued operation. Most auto-flushing 
filters have a limited filtering capability, however* and 
cannot provide 5-pm (nominal) particle control. In addi- 
tion* each cleaning cycle produces sludge that must be 
handled and properly discarded; and, during the filtration 
of mildly incompatible fuel oils* the back-flushing fre- 
quency can be as many as 400 flushes per day, which 
produces a considerable volume of sludge refuse. 

There are two types of replaceable (cartridge) filter 
elements: the surface type and the depth type. As the 
name suggests, surface elements are, in effect, a fine- 
mesh screen with a limited thickness. A small accumula- 
tion of organic sludge or asphaltenes, along with solids, 
on surface elements can seal the element surface and 
increase the differential pressure across the filter, thus 
limiting the useful life of the element Surface filters typi- 
cally are designed with a “pleated” configuration to in- 
crease the surface area and increase the element life. 
The materials used to make surface filters are commonly 
paper and felt. 

Depth filter elements are designed so that the filtration 
occurs throughout the substantial depth of the element* 
Some depth element designs provide progressively finer 
filtration from the outside of the depth element to the 
inside. Since contaminants are held at all depths through- 
out the element, there is a reduced tendency for contami- 
nants to accumulate in a layer that blocks flow through 
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the element- Experience has shown that a depth-type, cot- 
ton and wood fiber matrix material compacted to a 9Qf° t 
5-^tm removal capability will meet the performance re- 
quirements for the filtration system of diesels, if the ele- 
ment flow rates are controlled to one gallon per minute 
per 36-in. -long element {maximum). These filtration units 
must be carefully designed to prevent bypassing of fuel 
around the end sealing cups. The filter housing should be 
equipped with a bottom water drain, an air vent, and a 
differential pressure gage to indicate the pressure drop 
across the filter and the necessity to replace the filter 
element 

As indicated by Fig. 13, two fuel-oil service, or booster, 
pumps (with one normally in operation) are provided to 
supply the residual fuel oil to the downstream service 
system {the homogenizer, service heaters, viscometer, 
and engine). Duplex suction strainers provide protection 
to the fuel-oi! service pumps from solid debris that may 
be in the piping from the fuel-oil tanks. A 20- to 40-mesh 
reinforced, corrosion-resistant basket should be used to- 
gether with magnetic elements to remove all metallic/ 
magnetic particles from the heavy fuel-oil stream. The 
strainers should be vented, have drain provisions, and 
be arranged to permit the units to be serviced without 
interrupting the supply flow, 

c. Mixing tank. Fuel-oil service pumps are normally 
of the positive-displacement type and are fitted with pres- 
sure relief bypasses and isolation valves to permit servic- 
ing, Each service pump is sized to deliver 2 to 2,5 times 
the highest fuel-oil consumption rate of the engine. The 
surplus fuel oil, which is not injeeted, is discharged from 
the engine's fuel injection pumps through a back-pressure 
regulator and returned to the mixing tank. On ships that 
burn a low-viscosity fuel the mixing tank is a small tank 
where the hot surplus fuel oil from the engine mixes with 
the incoming fuel oil from the service tank. Any air bub- 
bles or vapor bubbles are vented to the atmosphere. The 
mixed fuel oil then flows by gravity to the boost pumps, 
boost heaters, viscometer, fuel meter, homogenizes and 
on to the engine. 

For ships that burn high- viscosity fuel and have a high 
fuel-oil boost system temperature, hot surplus fuel oil 
returned to the mixing tank would froth, and water en- 
trained in the fuel would flash to steam in the mixing tank 
as soon as the back pressure has been removed from the 
fuel oil. Therefore, for high -viscosity fuel oils that require 
a high boost system temperature, a closed boost system 
is used with no atmospherically vented mixing tank. Some 
designs incorporate a small pressure vessel to serve as a 
mixing tank and provide a pressurized vent to the atmo- 
sphere. However, other designs eliminate the mixing tank 
and maintain a pressurized system through the entire 
boost system. In this case a deaerator device should'be 
installed to remove any air or vapor bubbles before the 
fuel oil is returned to the engine's injection pumps. Also, 
additional circulating pumps are required in a dosed boost 
system design. 

d, Homogenizer. A homogenizer, which is often con- 
sidered to be optional, is sometimes installed to disperse 
any insoluble hydrocarbons in the residual fuel oil, to 


thoroughly disperse any remaining free water in the fuel 
oil, and to produce a uniform, fine droplet, stable, water- 
in-fuet-oil emulsion (when fresh water is added to high 
carbon -con tent fuels prior to the homogenizer). The ho- 
mogenizer conditions fuels that are very heavy, with a 
high molecular weight and high boiling point, to assure 
efficient combustion with a high carbon burnout effi- 
ciency. The homogenizer is a positive-displacement, multi- 
piston pump that can increase the fuel-oil pressure within 
the homogenizer up to about 17,000 kPa. Before the pres- 
surized fuel Ail is discharged from the unit, the high pres- 
sure is reduced suddenly across a controlled orifice. The 
high fluid velocity produces a combination of intense 
shear, unstable local pressures, cavitation, and, finally, 
impact, and turbulence- This sudden sharp pressure reduc- 
tion serves to tear the insoluble hydrocarbons into very 
small particles and thoroughly disperse the particles 
throughout the residual fuel oik The use of homogenizers 
has been shown to reduce fuel-oil consumption, reduce 
maintenance, and reduce exhaust-gas emissions and 
smoking when burning residual fuels. 

A bypass line is installed around the homogenizer such 
that any excess discharge is recirculated back to the suc- 
tion side of the unit. Additionally, the valving arrange- 
ment permits the homogenizer to be bypassed for mainte- 
nance purposes. 

e. Fuel-oil service healers. Where fuel must be 
heated before combustion, a minimum of two fuel-oil ser- 
vice heat exchangers should be installed. They are typi- 
cally steam- heated, shell-and-tube or plate-type heat ex- 
changers with a capability of heating residual fuel oil to 
160 C. A duplex strainer should be installed to prevent 
contaminants from entering the fuel-oil service heaters. 
These strainer elements should be 20 to 40 mesh and 
should have vents and bottom drains. The crossover valv- 
ing should permit uninterrupted operation on either 
strainer while servicing the remaining element. The final 
fuel-oil outlet temperature is controlled by a viscometer. 
A viscometer continuously provides a viscosity readout 
and control signal to the steam control valve that regu- 
lates the steam flow to the heat exchanger. This arrange- 
ment permits the viscosity to the diesel engine Injectors 
to be held constant even though the fuel-oil temperature 
might vary slightly. When heating residual fuel oils, to 
temperatures in the range of 160 C, the use of properly 
sized, steam heat exchangers is required to provide the 
necessary heat input without thermally stressing the fuel 
oil in local areas and thereby coking the heaters. Stainless 
steel or aluminum-based alloys are preferred to copper- 
based materials. 

f. Viscometer. Because of the low viscosity index of 
highly cracked fuel oils, a manual adjustment of the fuel 
temperature, based upon viscosity charts, is not feasible. 
A viscometer is a critical component that is required to 
insure uniform and accurate viscosity control in diesel 
plants using residual or blended fuels. 

The viscometer constantly samples the residual fuel oil 
and produces a signal that is proportional to viscosity. 
Typical sensors employ calibrated capillary tubes, falling 
pistons, or vibrating rods. Irrespective of the method of 
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determining viscosity, the viscometer output signal is uti- 
lized to modulate an automatic steam control valve on the 
fuel-oil service heaters. Since the viscometer is constantly 
sampling and adjusting the heater fuel outlet temperature 
to maintain a constant preset viscosity, the accuracy of 
this unit must be checked and calibrated periodically. A 
valved bypass line and isolation valves should be provided 
to permit the unit to be serviced without interrupting 
operations. 

g- Fuel-oil supply flowmeter, A fuel-oil supply flow - 
meter is used to indicate the total fuel flow to the engine. 
A positive-displacement type meter or a mass flowmeter, 
which is reliable and accurate, is recommended. It must 
be suitable for service in temperatures up to 160 C. All 
fuel-oil wetted internal surfaces should be made of a cor- 
rosion-resistant material. The fuel-oil meter should be fit- 
ted with a valved bypass line and isolation valves to permit 
the unit to be serviced without interrupting operations. 

h. Fuel-oil final Filter, A simplex, final protection, 
filter should be installed at the inlet to diesel engine 

fuel injection pumps to protect these high-pressure units 
from any contamination or spurious debris remaining in 
the fuel. This filter should be fitted with a differential 
pressure indicator. While it. may appear that this final 
filter is not necessary because of the cleaning and treat- 
ment processes previously provided, the high-pressure in- 
jection’ pumps on diesels are very sensitive to minute de- 
bris. This debris can cause micro-seizures, which can lead 
to a failure of the pump plunger and the barrel. Auto- 
matic, self-cleaning final filters offer the advantage of 
permitting the filter elements to be back-flushed into a 
sump. 

i. Back- pressure controller. A back-pressure con- 
troller provides a positive back pressure in fuel-oil return 
piping after the surplus fuel oil from the injection pumps 
has been discharged. The regulation of the back pressure 
is required to minimize cavitation and vapor formation in 
the fuel-oil return line. The back pressure can be as high 
as 350 kPa for high-viscosity fuel oils, which require a 
high final preheat for proper injection viscosity. 

j. Return fuel-oil meter. In some system arrange- 
ments, a return fuel-oil meter is used to measure the 
returned excess fuel flow from the engine. In those ar 
rangemenls the returned fuel-oil flow is subtracted from 
the fuel-oil supplied to determine the fuel consumed by 
the engine. In the fuel-oil system illustrated by Fig, 13, a 
flowmeter is installed In the line to the mixing tank, and 
the return flow from the engine is routed to the mixing 
tank; therefore, a return fuel-oil meter is not necessary. 
When provided, the return meter, like the supply meter, 
should be a reliable, accurate, positive-displacement or 
mass flow type that is suitable for service with oils at 
temperatures of about 160 C. All internal surfaces that, 
contact the fuel should be made of a corrosion-resistant 
material The fuel-oil flowmeter should be fitted with a 
bypass and isolation valves to permit the unit to be ser- 
viced without plant interruption, 

2.5 Gas Turbine Fuef-Qil System, While gas turbines 
have the capability of burning a variety of liquid fuel oils, 


;rv v : . V *™^vere than those associated 

w!th diesel engines since the su staine(3 meta ] tempera . 

tures of gas turbines are up to twice as high as in diesel 
engines. It is most important to control the substances in 
the fuel oil, which could cause deterioration of the fuel 
system or the gas turbine, or both. The concerns consist 
of soluble or insoluble fuel contaminants, dissolved and 
free water, solids, metallic compounds, and microbial 
slimes. 


The basic components of a gas turbine fuel-oil system 
are similar to a diesel system except for the more intense 
fuel treatment procedures, which are required to substan- 
tially eliminate metallic contamination. Whereas diesel 
systems can operate on ten to hundreds of ppm of metallic 
contaminants, the metallic contaminants in gas turbine 
fuels must be in the single-digit ppm range, and less. 
This places great importance upon the fuel-oil storage and 
treatment system to consistently control and remove fuel- 
oil contaminants* Because of the low tolerance that gas 
turbines have for metallic contaminants, most gas turbine 
manufacturers recommend starting and shutting down 
gas turbines using a clean, light distillate that is free of 
metallic contamination. 


a. Tankage. The tanks used with gas turbine fuels 
are similar to those described for diesels except that a 
floating suction is frequently used. The height of the suc- 
tion is controlled by a float such that the cleanest fuel oil, 
which is located at the top of the tank, is drawn off and 
pumped to the centrifugal separators. A floating suction 
continuously removes the cleanest fuel from the upper- 
most level of the tank and facilitates the precipitation of 
contaminants by leaving the fuel for as long as possible 
in the lower portion of the tank, which would have the 
most contaminants that could settle out. Also, a floating 
suction does not introduce currents that disturb the set- 
tling process. 

As a means of avoiding the introduction of contami- 
nants into the fuel when it is in storage, some fuel-oil 
tanks are coated. The coatings are inert and cover the 
steel tank surfaces to prevent contamination and metallic 
interaction with the fuel oil. If properly applied, appro- 
priate coatings can last for many years and reduce tank 
contamination and rust and mitigate fuel-oil degradation 
while in storage. 

b. Fuel treatment. As with diesel fuel, centrifugal 
separators are the primary means of treating gas turbine 
fuel. The major differences with gas turbine fuel-oil sys- 
tems are the use of staged water-washing and additive 
treatments whenever residual fuel oils are used as fuel. 

The early efforts to water-wash gas turbine fuel used 
a single-stage water-washing system. Since then, the 
equipment for the removal of water-soluble salts, espe- 
cially sodium chloride, has been improved appreciably as 
increased turbine inlet temperatures created a demand 
for even lower sodium levels in the fuel. Two-stage water- 
washing, usually incorporating a demulsifying agent and 
reduced throughputs, has been demonstrated to provide 
good results. 
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Fig. 14 Flow cKort for water-washing residual fuel 


Some residual fuels emulsify readily with water, and 
such emulsions are difficult to break. It is common, there- 
fore, to meter a suitable demulsifying additive into the 
fuel line before entering a line heater, 

A typical system for water-washing residual fuel is il- 
lustrated by Fig. 14. A dosing pump is used to meter the 
demulsifying additive into the raw residual fuel oil before 
it passes through the line heater. The demulsifying addi- 
tive is injected at concentrations of about 150 to 250 ppm, 
and the line heater raises the initial temperature of the 
fuel to approximately 97 C, depending upon the estimated 
salt-water content in the fuel. The heated raw residual 
fuel-oil and additive mixture is then thoroughly mixed in 
the first mixing tank and then goes to the first centrifugal 
separator. The wash water, which is heated to about 97 
C, is metered into the discharge from the first-stage sepa- 
rator and mixed in the second mixing tank. The mixture 
then passes into the second separator and is again cleaned 
to remove water and any remaining solids. The cleaned 
fuel then passes through a monitor to the fuel-oil service 
tank. In staged water-washing systems sodium can be 
removed from residual fuel oils down to a level of about 
one part per million. 

If the monitor detects art amount of water in the washed 
fuel that is above the set limit, the washed fuel is recycled. 
In the system shown in Fig. 14 dean wash water is sup- 
plied to the second wash stage only. It is then recycled 
back to the first stage. This recycling arrangement for 
the wash water reduces the amount of clean distilled or 
demineralized water required as well as reducing heating 
requirements. The amount of wash water used varies 
from 5 to 10% of the oil throughput. 


A second function of the separators is to remove sludge 
and solid contaminants, particularly rust, sand, and cata- 
lyst fines, from the fuel. If these contaminants passed 
through the fuel injectors, the catalyst fines, in particular, 
could cause severe erosion of the high-speed turbine blad- 
ing. The use of automatic, self-cleaning fuel separators 
with controlled discharge, which have the capability to 
remove solid particulates greater than 3 pm in size, is a 
recommended practice. 

After residual fuel-oil has been water washed, a vanadi- 
um-inhibiting additive should be added as a follow-on 
treatment. For fuels that have a low vanadium content, 
oil-soluble additives such as the magnesium sulfonate- 
based type, are effective inhibitors; however, in the case 
of residual fuels that have a high vanadium content {over 
150 ppm), the use of oil-soluble additives may be too expen- 
sive, In such an event, the use of a less-expensive oil- 
dispersed additive such as magnesium sulfate (MgSOJ, 
or a water-soluble additive, such as epsom salts {MgS0 4 
- 7H 2 0), may be an acceptable alternative. Self-contained 
modules that include a mixing tank, freshwater pump, 
feeder, and discharge pump have been used to meter sub- 
micronic epsom salts, in solution, into the combustor fuel 
system. 

The fuel-oil service pumps used with gas turbines are 
similar to those used with diesel engines except that the 
gas turbine fuel-oil pumps are designed to the gas tur- 
bine’s fuel-oil flow requirements and not to the 250% ex- 
cess that is typical of diesel fuel-oil pumps. 

When residual fuels are treated to control vanadium 
corrosion, the downstream fuel-oil heaters must be de- 
signed as low heat-density heaters to prevent additive 
precipitation or additive deposits within the heaters. 
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The provisions made to filter gas turbine fuels are very 
similar in terms of both design and equipment to those 
used to filter diesel fuels, except that gas turbines have 
a lower tolerance for solid contaminations. Gas turbines 
generally require fuel filtration provisions that will re- 
move solid particles larger than 5 pm; however, some gas 
turbines require even finer filtration. The final filter in 
the fuel line before the gas turbine burners is a fine filter, 
but not the finest in the system. The final filter is intended 
to protect the gas turbine from unforeseen fuel system 
contamination after the centrifuges and fine filters have 
properly treated the fuel oil. The finest filter in the system 
may be designed for large capacity, 5-pm filtration, in 
which case the final filter may be designed for 10-pm 
filtration with only a limited contaminant-retention ca- 
pacity. 

For gas turbines that burn residual fuels, a means must 
be provided to flush out the residual fuel-oil in the lines 


when the engines are secured, even for emergency shut- 
downs. Fast-acting bypass valves should allow distillate 
fuel oil to displace residual fuel oil before the fuel oil cools 
in the lines. 

2.6 ^ Construction Materials, The materials used to 
manufacture most fuel-oil systems are steel or other iron- 
based materials. This includes tanks and equipment, as 
well as piping and fittings. In some cases, however, stain- 
less steels and other corrosion-resistant materials have 
been used. 

While iron-based materials are suitable for fuel-oil sys- 
tems, it is very important that neither copper or copper 
alloys nor zinc or its alloys in any form be allowed to come 
into direct contact with fuel oil. Copper and zinc cause 
accelerated degradation of any fuel oil that they directly 
contact Therefore, copper and zinc alloys must not be 
used in tubes or coils within the heaters; this prohibition 
includes coated forms such as galvanized piping or clad 
steel for tank construction. 


CHAPTER XIII 


M. L. Powell 


Noise Control 


Section 1 

Noise-Control Fundamentals 


LI Definitions, As with all other technical fields, 
noise control involves the use of a number of terms that 
are given specialized meanings. A comprehensive discus- 
sion of the terms used in the field is given in several 
basic texts on acoustics or noise control [1-7]; however, 
definitions for the more commonly used terms that are 
essential for an understanding of the principles involved 
are as follows: 

Noise. Noise is any undesired sound or vibration. Types of 
noise are classified by the media in which the sound or vibra- 
tion exists. For example, “airborne noise” and “liquidborne 
noise*' are undesired sounds in air and a liquid, respectively. 
“Structu reborn e noise” is undesired vibration in a structure. 
Sound pressure, Sound pressure is the oscillatory component 
of the local fluid pressure, above and below the ambient pres- 
sure, that is caused by the passage of a sound wave. It is 
typically expressed as a root mean square (RMS) value. The 
human ear can detect sound pressures ranging from about 20 
micropascals (ptPa; 1 Pascal — 1 newton/m 2 = 10 dynes/ cm 2 ), 
which is the threshold of hearing for a young person, to well 
over 100,000,000 gPa (the threshold of pain). 

Dec i b e 1 . A decibel (dB ) is te n times the logar ith m , to the b ase 1 0, 
of the ratio of two powers or terms related to power. One of 
the terms in the ratio is usually a measured or computed value, 
while the other term is a reference value. Decibels are typically 
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used in noise control since a logarithmic scale makes it easier to 
compare data that vary over many orders of magnitude (such 
as sound pressure). Figure 1 shows the A-weighted sound pres- 
sure levels, in decibels, of some typical noises (A-weighting and 
sound pressure levels are both described below). 

Sound pressure level. Sound pressure level is used to express 
RMS sound pressures and is defined as: 

L v - 20 log 10 |~-j (1) 

where 

L p — sound pressure level, dB 
p = RMS sound pressure, p,Pa 
p ti ,f = reference sound pressure, /xPa 
= 20 pPa for airborne sound 
= 1 p,Pa for Hquidborne sound 

Sound power level Sound power level is the decibel value of 
the acoustic power emitted by a noise source. By definition: 


A “ 10 log™ 



( 2 ) 


where 


L w — sound power level, dB 
W — sound powrer, watts 

= reference sound power = 10" 12 watts 


Acceleration level Structu reborne noise is commonly ex- 
pressed as the acceleration level, which is the decibel value of 
the measured acceleration, and is defined as 


L a = 20 log 10 ^+) (3) 

where 

L a — structure borne acceleration level, dB 
A — acceleration, m/sec £ 

A ref = reference acceleration = Id -5 m/sec 2 

Frequency. Frequency is the rate at which a value, such as 
sound pressure, varies with time. Frequencies are expressed 
in cycles per second (cps) or Hertz (Hz) (1 Hz = 1 cps). Figure 
2(a) shows two time- varying signals, one of which varies more 
rapidly than the other, plotted on amplitude-frequency-time 
coordinates. The sum of the two signals is shown by the upper 
curve of Fig. 2(b) as viewed in the amplitude-time plane (or 
“time domain”). Here, it is easy to see that the amplitude of 
the summed signal varies at two separate frequencies, one 
superimposed on the other. This can also be seen if the curves 
are viewed in the amplitude-frequency plane (or “frequency 
domain”) as in Fig. 2(c). Here, the two separate frequencies 
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(a) Three-dimensional coordinates showing time, frequency, and amplitude 



Cb J Amplitude-time relationship 
Fig, 2 Relationship between 



Frequency 

(c) Amplitude-frequency relationship 
time and frequency domains 
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Fig. 3 Typical machinery vibration signal 


appear as vertical lines with their amplitudes represented by 
the height of the lines. Machinery vibration signals, such as 
that shown by Fig. 3, generally consist of a wide range of 
frequencies, often with narrow frequency spikes (called “ton- 
als”) surrounded by areas of “broadband” noise. 

Decibel addition. Since decibels are actually logarithmic ra- 
tios, two decibel values cannot be added together directly to 
obtain their sum. Instead, the decibel values must be converted 
back to their sound pressures or sound pow r ers, added, and 
then restated in terms of decibels. For example, a fan with a 
65-dB sound pressure level and a compressor with one of 70 
dB would not produce a total sound pressure level of 135 
dB. Instead, the total level can conveniently be calculated by 
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determining the difference between the two levels and adding 
a correction to the larger of the two. That is 

X (A + ^a) = Li + 10 Iog 10 (l + HT- ) (4) 


where 

— higher decibel level 
L 2 = lower decibel level 
At = “ Z/g 

In the example cited, = 70 dB, L 2 - 65 dB, and AL = (70 
— 65) = 5 dB, so that the total is 

^ 

X (70 dB + 65 dB) = 70+10 log 10 (l + 10 io) 

= 70 + 1,2 = 71.2 dB 

Figure 4 is an illustration of the correction to be added to the 
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Table 1 Octave and one-third octave band frequencies 



Octave Bands 


Octave Bands 


Lower 

Center 

Upper 

Lower 

Center 

Upper 




11.2 

12.5 

14.1 

11.2 

16 

22.4 

14.1 

16 

17.8 




17.8 

20 

22.4 




22.4 

25 

28.2 

22.4 

31.5 

44.7 

28.2 

31.5 

35.5 




35.5 

40 

44.7 




44.7 

50 

56.2 

44.7 

63 

89.1 

56.2 

63 

70.8 




70.8 

80 

89.1 




89.1 

100 

112 

89.1 

125 

178 

112 

125 

141 




141 

160 

178 




178 

200 

224 

178 

250 

355 

224 

250 

282 




282 

315 

355 




355 
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higher level as a function of the difference between the two 
levels being added Useful observations can be made concern^ 
ing Fig. 4, Note that if the difference between two levels is 
greater than 10 dB, the sum of the two (for most engineering 
purposes) equals the larger value. Also note that when two 
levels of equal value are summed, the total level is increased 
by 3 dB. 

Frequency bands. Often it is more important to know the 
amount of energy in a portion of a measured signal rather 
than just its frequency content. Noise measuring equipment 
will typically use filters to separate the total frequency spec- 
trum of a signal into specific segments — called “frequency 
bands so that the energy' within a given segment can be 
summed. The bandwidth of the filter, or the difference be- 
tween the uppermost and lowermost frequencies within the 
band, is determined by the range of frequencies that is allowed 
to pass through the filter unattenuated For frequencies out- 
side this range, the signal level is rapidly attenuated. The 
upper and lower frequencies that define the bandwidth are 
typically set at the points where the signal level has-been 
attenuated by 3 dB. 

Two different band widths are frequently used for reporting 
noise data. One is an "octave band,” which has an upper fre- 
quency that is twice the value of the lower frequency. The 
most commonly used set of octave bands is given in Table X. 
In addition to an upper and lower frequency, each band also 
has associated with it a center frequency, which is typically 
used to identify the band. For example, the octave band ex 
tending from 70S to 1410 Hz is called the 1000 Hz octave band. 
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Fig. 5 Octave and one third octave band representation 
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When a level, such as a sound pressure level, is reported for 
an octave band, it is called an "octave band level” 

If more information is needed concerning the distribution of 
the sound energy in an octave band, a narrower "one-third 
octave band” can be used, which divides each octave band into 
three parts. The upper, lower, and center frequencies for the 
most commonly used one-third octave bands are also given in 
Table 1. Levels reported in this format are called "one-third 
octave band levels,” 

Levels reported in octave band format cannot be directly 
compared with levels reported in one-third octave band format. 
Instead, the three one- third octave band levels within an octave 
band must be summed, using decibel addition, to develop 
equivalent octave band levels as shown in Fig. 5, 

A-weighted sound pressure levels. Not all sounds have the 
same effect on the human ear. Instead, sounds in a particular 
frequency range seem louder than higher or lower frequen- 
cies, even when the sound-pressure levels are the same. A 
filter has been developed to reproduce this effect in sound- 
measuring equipment, and its frequency response is shown in 
Fig, 6(a). Sound pressure levels measured using this filter are 
called "A-weighted SPLs,” As an example. Fig. 6(6) shows 
how octave band SPL's would appear when measured without 
the filter (unweighted or "flat” response) and with the filter 
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Fig. G{6} Example of A-w#ighted sound pressure levels 


activated. The lowest frequency in this case, the 31.5-Hz octave 
band, is attenuated 39 dB, while the frequencies where the ear 
is most sensitive, the 2000- and 4000-Hz octave bands, are 
amplified 1 dB. Other weighting filters are also used. The B 
and C weights, also shown in Fig. 6(a), were developed for 
noise levels above 55 dB and 85 dB, respectively. However, the 
A*weight continues to be the most widely used filter whenever 
a subjective response to noise is needed. 

Speed of sound. The rate at which a disturbance travels 
through a medium is termed the “speed of sound” through 
that particular medium. For fluids (air and water), the distur- 
bance is a pressure wave and it travels at a speed independent 
of its frequency. The speed of sound in air is primarily a func- 
tion of temperature, and is given by 

C„ = JkllT = 49.02 y/T (5) 


where 

C a — speed of sound in air, ft/sec 
k = ratio of specific heat at constant pressure to specific 
heat at constant volume (^L4 for air) 

R = universal gas constant, ft-lbf/Jbm-'R 
T = temperature, a R 

As a point of reference, the speed of sound in air at 70 F is 
1129 ft/sec. 

In liquids, the speed of sound is given by 



where 

C L — speed of sound in liquid, ft/sec 
B = bulk modulus of liquid, lb/ft 2 
P =* density of liquid, lb-sec 2 /ft* 

The speed of sound in fresh water, with a bulk modulus of 
318,000 psi and a density of 1.93 lb-sec 3 7ft 4 , is 4870 ft/sec. 

Disturbances in solids can be in the form of normal stress 
waves, shear stress waves, or bending waves. The speeds for 
each of these disturbances depend on the type of the distur- 
bance, the shape of the solid, and in some cases, the frequency. 
Equations that can be used to calculate the speeds of the 
different types of waves are included in reference L 
Wavelength. The distance between successive peaks or 
troughs of a wave is termed the wavelength. The speed of 


incident 



sound and the wavelength of the sound are related by the 
equation 


A = C/f = C T (7) 

where 

A = wavelength, ft/cycle 
C = speed of sound, ft/sec 
frequency of wave, Hz 
T — period = 1// sec 

Transmission Joss. The ability of acoustic barriers, walls, and 
partitions to block noise is often an important design parame- 
ter. Figure 7 shows acoustic energy striking a partition and 
the resulting distribution of that energy. Some of the incident 
energy ts reflected at the surface of the partition while the 
remainder enters it. Once inside the partition, some of the 
energy' is lost by absorption and damping. Finally, the remain- 
der of the energy is transmitted through the far side of the 
partition, 

The numerical quantity used to describe a barrier's sound- 
blocking ability is termed "transmission loss." The transmis- 
sion loss, TL, is defined as 


TL 


. . t / Incident energy \ 

10 log 4 v — — 

\Transmitted energy/ 


( 8 ) 


Another quantity, the "transmission coefficient,” is sometimes 
used. The transmission coefficient, r, Is defined as: 


T 


P an 
Inc 


emitted energy \ 
Incident energy / 


and these two are related by 


m 


TL= 10 logn^lj (10) 

T .2 Noise Control Noise control encompasses a vari- 
ety of technologies that are coordinated to obtain a satis- 
factory noise environment at a receiver, consistent with 
economic and operational considerations. A number of 
factors must be considered when establishing criteria that 
define a "satisfactory noise environment." There is usu- 
ally no unique solution for a given noise situation because 
of the complex environmental, economic, and operational 
considerations that arc generally involved. 

Shipboard noise must be controlled for numerous rea- 
sons. On all vessels, navigation signals (such as bells, 
whistles, and foghorns) must be easily heard. Watch 
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standers in ship control areas most be able to hear and 
understand maneuvering commands. In machinery 
spaces, permanent damage to the crew’s hearing must be 
avoided: and excessive machinery vibration in these 
spaces can also cause structural fatigue, premature bear- 
ing failures, and increased maintenance requirements. In 
addition, the living spaces must be quiet enough for pas- 
sengers and crew to relax and sleep. 

Naval combatant ships have additional requirements 
for the control of noise. Two relate directly to the ship’s 
sonar systems. To perform their duties effectively, the 
sonar operators must have a quiet work space. Likewise, 
the hydrophones, which make up the sonar array, must 
be located in a quiet environment that is free from flow 
noise and vibration originating from the ship. 

All noise control problems consist of three elements: a 
noise source, a noise transmission path, and a noise re- 
ceiver, Noise originates at the source, travels along a 
transmission path, and is sensed by the receiver. Such a 
three-element, system is illustrated by Fig. 8, In this fig- 
ure, a motor-driven hydraulic pump, which is mounted 
on a structural foundation, provides hydraulic fluid to a 
component downstream. The pump and motor are the 
noise sources, and the noise is transmitted through sev- 
eral structureborne and airborne paths. The receivers 
could be personnel in the adjacent berthing area or ship 
control room, or the receiver could be sensitive electronics 
that are being vibrated. Identifying the receivers in a 
noise control problem is usually straightforward, while 
identifying the sources can be more challenging. The iden- 
tification of the noise transmission paths is often the most 
difficult aspect of a noise-control effort because the paths 
can be obscure and difficult to detect. » 

Noise-control procedures can often be applied to any or 
all of the basic elements of a noise problem. The most 
effective solution is usually to reduce the level of the 
source. Lowering the source noise level generally reduces 
the amount of noise-control treatments otherwise re- 
quired; however, when more noise reductions are neces- 
sary than can be gained by treating the source, an alterna- 
tive solution is to treat the transmission paths. Regardless 


of the type of transmission path involved, the basic correc- 
tive procedures are to break the path, increase the attenu- 
ation along the path, or lengthen the path between the 
source and the receiver. Treating the receiver may also 
be a feasible alternative. This alternative entails reducing 
the sensitivity of the receiver to the noise. The method, or 
combination of methods, that is appropriate depends upon 
the noise reductions required and on economic and opera- 
tional constraints. An effective noise control effort re- 
quires a total-system approach. 

K3 Noise-Control Strategy, Although naval combat- 
ant ships, and particularly submarines, present the great- 
est challenge in design for noise control, the requirement 
for noise control is, nevertheless, present to some degree 
in all ships, including small craft. The incorporation of 
comprehensive noise-control requirements into a ship de- 
sign requires an evaluation of almost every aspect of the 
ship design process for noise effects. Ship arrangements 
clearly have an effect on noise characteristics; however, 
detailed material selections must also be analyzed from a 
noise-control perspective. 

To be effective, noise control must begin at the earliest 
stages of ship design. The first consideration is the level of 
noise control required for the ship to perform its mission. 
Cargo ships, for instance, need only a background noise 
level sufficiently low to permit effective communications 
necessary for the operation of the ship and one that pro- 
vides a healthy, restful environment for the crew. A cruise 
liner, on the other hand, must also provide a pleasant 
environment in all passenger spaces. The most stringent 
level of noise control is applied to a submarine since the 
noise it generates can reveal its presence and thereby 
render it incapable of accomplishing its mission. 

With the noise-control objectives established, they must 
then be reflected in the conceptual design of the ship. 
Substantial cost, space, and weight compromises can be 
avoided by optimizing compartment locations. Obviously, 
a compartment with stringent noise requirements (such as 
a stateroom) should not be located near a noisy machinery 
space. Spaces containing loud noise sources (e.g., machin- 
ery spaces, fan rooms, pump rooms, workshops) are pref- 
erably grouped together and bounded by spaces that have 
no noise requirements (e.g. storerooms), A rearrangement 
of compartments is highly disruptive beyond the concep- 
tual design stage; therefore, an early consideration for 
the effect of the ship arrangement on noise control cannot 
be overemphasized. 

An early consideration should also be given to the noise 
requirements for the equipment in each space. Based on 
the ship's silencing goals, noise limits may need to be 
developed for each item of equipment. If so, the procure- 
ment specifications for these items should require testing 
to demonstrate compliance with the noise limits. For 
equipment that cannot be designed to comply with the 
required noise-control limits, other noise-control treat- 
ments must be developed. 

The noise-control strategy cannot be limited to the de- 
sign process, but must also include the ship construction 
activities. Training is required to familiarize construction 
personnel with the requirements for properly installing 
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Fig. ? Noise-control steps during original design 


noise-control features and the important role they play in 
meeting the ship’s silencing goals. During ship construc- 
tion, problems develop that can affect the ship’s silencing 
features; therefore, procedures must be developed to en- 
sure that the construction problems are promptly re- 
ported and properly resolved. 

In addition, the noise-control strategy must include a 
test plan. The tests can range from small-scale tests of 
single components up to large-scale dockside noise sur- 
veys of the entire ship. The tests should be scheduled as 
early as practicable to allow time for corrective actions. 
Time is often required to determine the most appropriate 
solution for noise problems; consequently, equipment 
noise tests are best conducted in a shop before the equip- 
ment is installed in the ship. Shop tests often identify 
equipment that exceeds the noise levels specified. The 
solution could require the equipment to be rebuilt or addi- 
tional offsetting noise-control features could be incorpo- 
rated into the ship. Each of the options must be weighed 
against ship delivery, schedule, and cost constraints. 

Finally, a series of noise tests should be conducted dur- 
ing sea trials to demonstrate that the noise-control objec- 
tives have been accomplished. 

1.4 Noise-Control Activities During the Design 
Phase. The noise-control program that is implemented 
during the ship-design process is a multiphase effort that 
begins with an establishment of the noise-level require- 
ments necessary to support the accomplishment of the 
ship’s mission. Thereafter, the process progresses as indi- 
cated by Fig. 9, which outlines the steps that are typically 


taken during the design of a ship. The activities involved 
in these steps are as follows. 

Establish noise level requirements. The noise levels 
necessary for the ship to accomplish the mission objec- 
tives must be established. This may include developing 
limits for airborne, liquidborne, and structureborne noise. 
Satisfactory airborne noise level guidelines, from a per* 
sonnel perspective, have been developed from human fac- 
tors research in speech communications, hearing protec- 
tion, and personnel comfort. These specifications dictate 
maximum allowable airborne noise levels depending upon 
the type of compartment (e.g, machinery space, berthing 
area, radio room, etc.) and the anticipated exposure time 
in that compartment. 

Identify notse sources. The potential noise sources 
are identified. For large vessels, the potential list can be 
fairly extensive; however, the vessel's list of machinery 
components is a good starting point. Most of these sources 
emit constant noise levels; however, transient noises may 
also be of concern. If so, their sources may be more diffi- 
cult to identify. The prediction of transient noises, such 
as the banging of check-valve disks, can be difficult 

Determine source levels. After the noise sources 
have been identified, the characteristics of the noise that 
they produce must be established. The characterization 
must include not only the source levels, but also the fre- 
quency content. Constant-speed machinery usually gener* 
ates noise at discrete frequencies that can be associated 
with motor rpm, pump piston frequency, frequency of 
gear-tooth meshes, or harmonics of these frequencies. 
Measured structureborne or airborne noise test data may 
be available from the manufacturers of some equipments; 
however, specific components may not have been selected 
in the early stages of preliminary design. In these in- 
stances, noise estimates must be developed on the basis 
of noise data that are typical for other machines of similar 
design. 

For some equipment, predictions of the airborne and 
structureborne noise levels they produce can be made 
with reasonable accuracy. The relationships that are used 
are most often empirically derived and frequently relate 
the noise levels to operational parameters of the equip- 
ment, As an example, two such equations have been de- 
rived for the prediction of pump airborne noise [8], For 
nonreciprocating pumps, the airborne sound power level 
can be estimated as 

L Wtv -15 + 10 log I0 /f + 15 log lo R (11) 


where 

L w = airborne sound power (ref 10 “ 12 W) of nonrecip- 
rocating pump, dB 
H = pump power, hp 
R = pump speed, rpm 

For piston pumps, however, the airborne sound power 
level is related to the pressure rise across the pump by 
the expression: 

- 75 + 30 <I2) 
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where 

L w — airborne sound power (ref 10“ 1£ W) of piston 
pump, dB 

p — pressure rise across pump, psi 

Similar equations have been developed for other classes 
of equipment. 

After an estimate of the noise levels produced by the 
sources has been made, the noise sources can be ranked 
in accordance with the magnitude of the noise level that 
they produce. This ranking can be useful when selecting 
the components that can be silenced to gain the largest 
overall effect, and the method of treatment that will be 
most effective. For a compartment that has a noise level 
which is dominated by a single noise source, quieting that 
one unit may be the most effective means of substantially 
lowering the overall noise level. However, for spaces with 
many equally loud components, such as pump rooms or 
fan rooms, treating just one unit would have very little 
effect on the overall level. 

Identify paths and estimate attenuation. After 
noise-level estimates have been made for the major 
sources, possible transmission paths from each source to 
each receiver location are identified. Referring to Fig, 8, 
there are three major noise transmission paths between 
the source and receiver that may require consideration, 
with all three being candidate paths for a single source. 
The mechanical vibration from the pump can travel 
through the foundation and piping into the surrounding 
structure; this type of path is classified as “struc- 
tureborne noise.” The vibrating structural surfaces also 
produce a second path— through the air — which is termed 
“airborne noise/' The third path, which is often over* 
looked, is through the fluid within the piping; this “flu- 
idborne noise,” which is in the form of pressure pulses 
generated by the pump, can cause significant structural 
vibration in the downstream piping and components. 

All of the noise energy generated by a source will not 
reach a receiver. Some noise travels in other directions, 
some is blocked or reflected back to the source, and some 
is attenuated by conversion to heat energy. It is important 
that these effects be predicted for each significant type 
of noise path so that an accurate estimate of the noise 
level at the receiver can be made. Procedures that can 
be used to estimate path attenuation are presented in 
references 1-4, 8,9, 

In most noise-control problems, a combination of paths 
from several sources may be involved; however, all of the 
sources and paths seldom contribute significantly to every 
receiver location. For example, when multiple airborne 
noise sources are located within the same space, units 
with noise levels that are 10 dB or more below the loudest 
unit will not contribute to the overall noise level in the 
space. Sources in more distant compartments can fre- 
quently be neglected if there are comparable sources in 
adjacent compartments. A recognition of the insignificant 
paths can greatly simplify the analytical procedures. 

Calculate receiver levels. After the source levels, the 
dominant paths, and the path attenuation values are esti- 
mated, the next step is to calculate the noise levels at 


each receiver. For airborne noise, however, the acoustic 
properties of the space in which each receiver is located 
may also need to be calculated (see Section 2. 1 for a discus- 
sion of compartment noise levels). 

Compare with requirements. The calculated noise 
levels at receivers, both airborne and structurebome, are 
compared with the noise levels required to support the 
ship's mission. If the computed noise levels are lower than 
those specified, then no further noise-control analyses are 
necessary. However, this is seldom the case; more typi- 
cally, it is predicted that the specified noise limits are 
exceeded at least over some narrow T frequency range. In 
such an event, additional noise-control measures are nec- 
essary. 

Identify candidate treatments. After analyzing the 
characteristics of the excessive noise level, candidate 
treatments that are compatible with other imposed design 
requirements are identified. Absorptive treatments are 
made from a wide range of materials, and the hazards 
posed by a shipboard fire, especially on a submarine, make 
many of the commonly used commercial materials unsuit- 
able, Other design constraints that can affect material 
selection include weight and volume restrictions, cost, and 
durability. 

When the candidate noise treatments have been identi- 
fied, the next step is to estimate the noise reductions that 
each can provide. This task may be fairly simple in cases 
where test data are available and in instances where es- 
tablished analytical procedures are applicable. But the 
development of noise-reduction estimates can be difficult. 

Conduct treatment design trade-offs. Selecting the 
most appropriate noise-control treatment often requires 
a design trade-off. Data in addition to those associated 
with acoustics are required to conduct trade-off analyses 
with the candidate noise treatments. An assessment must 
be made of any redesign to accommodate the treatment, 
schedule consequences of incorporating the treatment 
into the construction sequence, and the total cost of the 
treatment, including procurement, installation, and main- 
tenance. 

Select treatment Based upon the results of the de- 
sign trade-offs, the more promising treatments can be 
selected for further analysis. Occasionally, a single treat- 
ment is identified that is compatible with all of the design 
constraints while providing the necessary noise reduction. 
More often, however, single treatments are found to be 
inadequate, and several treatments are used in combina- 
tion. Unless there is substantial confidence concerning the 
effectiveness of a single treatment, the use of multiple 
treatments can be advantageous. By using multiple treat- 
ments, there tends to be an averaging effect of the numer- 
ous approximations made in estimating the source levels 
and path attenuation values. 

Recalculate receiver levels. With the new attenuation 
values provided by the selected treatments, the noise lev- 
els at the receiver location are recalculated. For a single 
noise source and path, this may be unnecessary as the 
increased attenuation values will relate directly to the 
lower receiver noise levels. However, for multiple sources 
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and multiple paths, the total receiver levels must be recal- 
culated using decibel addition. 

Compare with requirements. The recalculated noise 
levels at the receiver locations are again compared with 
the required levels. If the calculated levels are lower than 
the required levels, the additional treatments that have 
been chosen should solve the noise-control problem. Of- 
ten, however, the process of treatment selection and noise 


level calculation is repeated to account for multiple paths, 
to refine the estimates, and to select the treatments that 
provide just enough attenuation. Occasionally, no combi- 
nation of treatments can be found that will result in ade- 
quate receiver noise levels, and a major redesign will be 
required. When this happens, the entire noise-control pro- 
cess must be repeated. 


Section 2 

Noise-Control Techniques 


2J Source Noise Control. The most effective means 
of resolving a noise problem is to reduce the magnitude 
of the source, and doing so frequently eliminates the need 
for additional treatments. The source noise levels can be 
minimized by selecting the quietest components available. 
However, the quietest components are frequently the 
most expensive, and may not be quiet enough. 

In some cases, conventionally designed components 
cannot meet both the performance and acoustic require- 
ments. An alternative, then, may be to prepare special 
purchase specifications for the component that the manu- 
facturers must meet. This will generally result in more 
expensive equipment because the manufacturer may be 
required to conduct specialized engineering analysis, 
maintain more restrictive manufacturing tolerances, in- 
corporate noise-control features, and upgrade quality-con- 
trol procedures. Consequently, the imposition of noise- 
control requirements beyond those obtainable by normal 
manufacturing processes is preferably avoided. Manufac- 
turers have little incentive to make large research and 
development investments in specialized components that 
have limited applications. 

When standard components are used, the noise can be 
minimized by proper component selection, operation, and 
maintenance. Equipment should be sized or selected to 
operate at peak efficiency under normal conditions. This 
is particularly true with ventilation fans, which tend to 
make more noise when they are operated at “off design” 
points. 

Proper equipment maintenance practices are also im- 
portant to preserve low-noise features. Rotating compo- 
nents must be accurately aligned and balanced. An unbal- 
anced rotor in a pump, motor, compressor, etc., generates 
vibrational forces that are proportional to the amount of 
unbalance and the square of the rotational speed. Counter- 
weights are typically added to rotors to reduce residual 
unbalance. 

To help identify the need for maintenance, machinery 
condition-monitoring equipment can be used [10,11]. As a 
machine is operated, parts can begin to wear, shafts can 
become misaligned, cracks can develop and propagate, 
and mechanical fasteners and belts can loosen. Each of 
these events can cause a significant change in the noise 
signature of a machine, especially in the noise levels at 
specific frequencies. This change can be easily detected if 


the machine's noise signature is compared, over a period 
of time, with a baseline signature measured when the 
machine was new and operating properly. Vibration levels 
are typically used to generate the noise signature, al- 
though acoustic pressure has also been used in large tur- 
bines [12]. If the signature changes unexpectedly, or if 
the noise levels gradually increase above predetermined 
“alarm values,” maintenance can often be scheduled and 
performed before serious equipment damage occurs. Au- 
tomating this process involves many complex considera- 
tions, however, sinee the alarm values must be set high 
enough to prevent “false alarms” due to normal fluctua- 
tions, yet low enough to signal the need for maintenance 
before a catastrophic failure occurs. 

In many cases, even the use of state-of-the-art design 
and operating practices will not yield satisfactorily low 
airborne and structurebome noise levels. In these cases, 
corrective noise treatments, such as the following, may 
be appropriate. 

Mufflers. Mufflers can be attached to the intake and 
exhaust of reciprocating engines, gas turbines, ventilation 
fans, compressors, and large blowers to reduce the air- 
borne noise that they create. Most mufflers are designed 
to function as reactive mufflers, dissipative mufflers, or 
a combination of the two principles. 

Reactive mufflers function by reflecting part of the 
acoustic energy back toward the source. The simplest 
muffler of this type, shown in Fig. 10(a), is a simple expan- 
sion chamber inserted in the exhaust line. The change in 
cross-sectional area causes an abrupt change in the acous- 
tic impedance which, in turn, prevents part of the acoustic 
energy from entering the chamber exhaust pipe. The 
acoustic performance of this type of muffler depends 
upon the length of the expansion chamber, the ratio of 
the cross-sectional areas of the chamber and exhaust line, 
and the frequency of the sound. Theoretically, the trans- 
mission loss provided by a reactive muffler is expressed 
as 


M r = 10 log 10 j^l + ^ (m — — j sin 2 /clJ 


where 


M r — muffler transmission loss, dB 
m = area ratio = S 2 /Si 


( 13 ) 
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Fig. 10 Tronsmisstorii loss of an expansion chamber 

5i — exhaust line cross-sectional area, ft 2 
3$ — expansion chamber cross-sectional area, ft 2 
L — expansion chamber length, ft 
k — wave number = 2i r/X 
X = wavelength of sound in muffler, ft 

Equation (13) is valid for frequencies less than that for 
which the corresponding wavelength is equal to 80% of 
the diameter (or largest transverse dimension) of the 
chamber. Figure 10(6} shows the muffler transmission 
loss as a function of frequency for a two-foot-long, one* 
fooLdiameter muffler in a three-inch exhaust line. The 
exhaust gas is at a temperature of 250 F. As can be seen, 
the transmission loss is a periodic function and reaches a 
maximum when the expansion chamber length equals odd 
multiples of a quarter wavelength, that is, X/4, 3X/4, 5X/ 
4, etc,, as calculated from equations (5) and (7)- When the 
chamber length equals multiples of a half wavelength, 
that is, X/2, X, 3X/2, a standing wave is established in 
the chamber and there is no transmission loss (all of the 
acoustic power is preserved and transmitted into the ex- 
haust line). 

Dissipative mufflers or silencers function by attenuat- 
ing the noise with absorptive materials. Glass fiber is 
frequently used as the absorptive material and is placed 
in perforated chambers within the silencer. The acoustic 


Fig, 1 1 Typical silencer designs 


Table 2 Approximate attenuation of commercial duct 
silencers, dB [8] 




Octave Band Center Frequency, Hz 


Silencer Deal pi 

31.5 

63 

125 

250 

500 

1000 

2000 

4000 

8000 

Low pressure drop 

3 ft long 

1 

4 

7 

9 

12 

15 

16 

14 

9 

5 ft long 

2 

8 

12 

14 

16 

19 

20 

IS 

14 

7 ft long 

3 

10 

15 

19 

20 

22 

24 

22 

18 

High pressure drop 

3 ft long 

3 

8 

10 

15 

23 

30 

35 

28 

23 

6 ft long 

4 

11 

14 

23 

32 

38 

42 

36 

30 

7 ft long 

5 

13 

18 

30 

40 

44 

48 

42 

36 


performance of prefabricated silencers depends on their 
shape and stee, and the static pressure drop across them, 
but is generally more broadband in nature than reactive 
mufflers. Typical silencer designs are shown in Fig. 11 
and representative attenuation values are listed in Table 
2 [8]. Manufacturer's data should be used for specific 
silencer designs. 

Absorptive materials can also be added to expansion- 
chamber mufflers, and the result is a significant improve- 
ment over an unlined chamber. Figure 12 shows the theo- 
retical effect of adding a small amount of absorptive lin- 
ing to the expansion chamber previously discussed. Of 
note is the elimination of the transmission loss minima 
and the improved broadband performance. 

Cladding, Large vibrating surfaces on machinery and 
lightweight structure can efficiently radiate airborne 
noise to the surrounding space. Covering these surfaces 
with a cladding, which is typically a soft foam with a rigid 
outer skin, can ''decouple' 1 the vibrating surface from the 
surrounding air and reduce the airborne noise generated. 
Table 3 lists typical noise reductions achievable with clad- 
ding [8], 
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NOISE FREQUENCY. H* 

Fig. 12 Effect of absorptive lining on expan si on -chamber transmission loss 


Table 3 Airborne noise reduction of cladding treatments, 
d 6 Jref_ 20 j£Pa) [ 8 ] 


Octave Band C enter Frequency, Hz 
Outer Layer Density 31.5 63 125 250 500 IQOO 2000 4000 S000 


0.25 Ib/ft a 

0 

0 

0 

0 

1 

5 

3 

10 

12 

0,25 to 1.0 lb/ ft* 

0 

3 

6 

8 

11 

15 

18 

18 

18 

1.0 to 2.5 Ib/ft* 

1 

4 

7 

10 

14 

17 

20 

20 

20 

2.5 lb/ft 2 

2 

5 

8 

12 

17 

20 

22 

22 

22 


Damping, Unstiffened machinery surfaces, such as 
panels on housings, cabinets, and enclosures, can resonate 
and amplify structureborne noise. Properly designed 
damping treatments applied to these surfaces can sub- 
stantially lower the vibration levels. 

Surface damping treatments can be applied in either of 
two basic designs as illustrated by Fig, 13, “Free layer," 
or extension a]," damping is made up of a layer of damp- 
ing material adhered directly to the vibrating surface. 
When the surface deforms, the damping layer is alter- 
nately compressed and extended. In the process, part of 
the vibrational energy from the structure is stored in 
the damping material and then dissipated as heat. In the 
second type of treatment design, known as “constrained 
layer" or “shear layer" damping, a thin plate is glued to 
the top of the damping layer. This constraining layer 
causes the damping material to be sheared when the base 
structure deforms. As before, the shearing motion in the 
damping layer dissipates a part of the vibrational energy 7 . 

^ The materials used as damping treatments are called 
'viscoelastic"; “elastic" because of their ability to store 
strain energy (much like a compressed spring), and 
“vis co " because part of the energy is dissipated (analo- 
gous to a viscous damper). However, both the storage 
and dissipative capacities of damping materials are very 
strong functions of temperature, as shown in Fig, 14. At 
low temperatures, viscoelastic materials are character- 
ized as "glassy" because they have a high modulus of 
elasticity and are stiff, but dissipate very little energy 
because of a low loss factor. At high temperatures, visco- 
elastic materials become “rubbery" with a low modulus 
and a relatively low loss factor. In the temperature region 


EftEj layer damping 



DAMPING MATERIAL 

BASE STRUCTURE 


DAMPING MATERIAL IN 
TENSION i COMPRESSION 



GQMSTBAINED LAYF fl DAMPINn 


CONSTRAINING LAYER 
1 DA M P~| N Q MATER I AL ~ 

BASE STRUCTURE 


Fig. 73 Surf at# dompmg treatment* 



DAMPING MATERIAL 
IN SHEAR 



between these two extremes, the material undergoes a 
transition^ and it is in the transition region that the damp- 
ing capacity peaks. These regions occur at different tem- 
peratures for different materials. Therefore, it is impor- 
tant to know the temperature of the vibrating structure 
so that the proper damping material can be selected. 

It is also important to understand a fundamental limita- 
tion of adding damping treatments to a vibrating system. 
The total vibrational energy in a system can be thought 
of as being distributed among the various vibrating com- 
ponents of the system. Likewise, the total energy dissi- 
pated in the system will be a sum of the energies dissi- 
pated in each component. To significantly increase the 
system s total energy dissipation, and thereby reduce the 
vibration response, the damping must be added to a part 
of the system that contains a significant portion of the 
total energy. This simple, but important, concept is ex- 
pressed by 


wdiere 


Veys ~~ 


IViWj 

f^SYS 


Vsys = loss factor for total system 
^5Ys = vibrational energy in total system 


( 14 ) 
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= Joss factor for individual component 
W t = vibrational energy in individual component 

A common oversight is to add large amounts of 
damping material to a part of the system that contains 
very little vibration energy. Another oversight is to fail 
to recognize other forms of damping in the system 
that may dissipate significant amounts of energy. For 
example" welded-steel structures have very little inher- 
ent damping, but bolted or riveted structures can have 
much higher levels of damping. Also, for submerged 
vibrating structures, significant amounts of energy can 
be lost to the surrounding fluid in the form of radiated 
noise. Over certain frequencies, this “radiation damping” 
will be much higher than the damping levels that could 
be achieved by adding additional treatments. More de- 
tails concerning the design of damping treatments are 
given in reference IS. 

Compartment noise level reduction. When several 
noisy machines are grouped together in a common com- 
partment, such as in a fan room or pump room, the total 
compartment can be thought of as the noise source, rather 
than each individual machine. This assumption is based 
on the fact that the resultant noise level in the compart- 
ment is a function of not only the acoustic power radiated 
to the space by the equipment, but also the acoustic prop- 
erties of the space itself. An option for reducing the noise 
level in a “source” compartment, then, is to modify the 
acoustic properties of the compartment. This option may 
be simpler and more cost effective than treating each 
individual machine. 

The standard method of predicting sound pressure lev- 
els caused by a noise source in a compartment is based on 
the theory that the sound field is made up of two distinct 
parts. The “direct field” is the sound radiated directly by 
the noise source and is independent of the surroundings. 
Its intensity depends on the radiated acoustic power and 
distance from the source. The second part, the “reverber- 
ant field,” is made up of the sound waves that are re- 
flected (perhaps several times) from the walls, floor, ceil- 
ing, and any other objects in the compartment or room. 
The reverberant field depends upon the size and the acous- 
tic properties (namely the absorption and reflection) of 
each of these reflecting surfaces. The total pressure level, 
then, at a point in the room is the sum of the direct and 
reverberant fields and is given by 

t , = i» + 101o^ + !) + 10 (15) 

where 

L — sound pressure level at a point in a compartment, 
dB (ref 20 /tPa) 

L w — sound power level radiated by source, dB (ref 
10- 12 W) 

Q e = directivity factor for source and its location 
r = distance from source to point of interest, ft 
R = room constant of space, ft 2 

In equation (15), the room constant, R, is a measure of 
the total absorption within the space; higher room con- 
stant values indicate more absorption. Recording studios 


and anechoic ("without echo”) chambers have a very high 
absorption and are considered acoustically “dead.” There 
is very little, if any, reverberant field in these spaces, and 
the sound intensity decreases with distance from the noise 
source. At the other extreme, gymnasiums, indoor park- 
ing garages, and reverberation chambers have very little 
absorption and are acoustically “live.” Because of the 
large reverberant field, the sound pressure levels in these 
spaces can be fairly constant over a large part of the 
space. 

In practice* the room constant is often replaced with the 
following: 

SfigAB R (1®) 

where 

Sa SAB = total room absorption in Sabines, ft 2 
S — total area of all absorptive surfaces, ft 2 
«sab — average Sabine absorption coefficient 
R = (room constant of space, ft 2 

The average Sabine absorption coefficient is found by 
multiplying the area, S„, of each individual surface (such 
as a deck or bulkhead) by the absorption coefficient, 
a SAB , of that surface, summing this product for all sur- 
faces in the room, and dividing by the total surface area, 
as follows: 

_ S^OsabIi + $i< q 5AB)2 + - • • + <Sn( a SAB)n ^ 

The Sabine absorption coefficients of some typical sur- 
faces used in ship construction are given in Table 4, For 
acoustic treatments, the absorption is a function of the 
material thickness, with the thicker materials having 
higher absorption values at lower frequencies. Table 5 is 
an example calculation of the total Sabine absorption in 
an empty compartment* 

In addition to boundary surfaces (such as the decks and 
bulkheads), machinery, furniture, and other structures 
within a space absorb part of the sound and must also be 
accounted for. However, adding up all of the individual 
surface areas and absorption coefficients within a space 
can be tedious. As an approximation, reference 8 suggests 
correction factors that can be used to compensate for 
nonboundary absorption; the correction factors are based 
on the size and type of compartment (e.g., berthing, crews 
mess, engine room). 

The effect of increasing the total compartment absorp- 
tion is shown in Fig. 15. Here, the difference between the 
sound pressure and sound power levels is plotted as a 
function of distance from the noise source for several 
values of total compartment absorption. Doubling the to- 
tal compartment absorption lowers the sound pressure 
level by 3 dB. In many instances, however, it is difficult 
to increase the total compartment absorption by more 
than a factor of about 4, which limits the feasible noise 
reduction to about 6 dB. 

2.2 Airborne Noise Path Treatments. Most shipboard 
noise-control problems involve airborne noise. Airborne 
noise can be treated in a number of ways; however, all are 
based upon some combination of three principles, namely: 


NOISE CONTROL 


473 


Table 4 Sabine absorption coefficients of typical shipboard materials [8] 






Octave Band Center Frequency, Hz 




Description 

31.5 

63 

125 

250 

500 

1000 

2000 

4000 

8000 

Steel plate 

Tiled deck 

0.01 

0.01 

0.02 

0.03 

0.03 

0*03 

0*02 

0*02 

0.02 

0.01 

0.02 

0.O2 

0.03 

0*03 

0.03 

0.03 

0*02 

0*02 

Carpeted deck 

0.02 

0.04 

0*08 

0,10 

0.15 

0.2O 

0*25 

0*2O 

0*15 

Draperies on wall 

0.02 

0.02 

0*03 

0.04 

0.11 

0.17 

0.24 

0.35 

0.40 

Acoustic ceiling tile % in. 
MILA-23054 acoustic board 

0,03 

0.10 

0*20 

0.26 

0.50 

0.70 

0.75 

0*75 

0.70 

1 in. thick 

0.03 

0.05 

0.07 

0,25 

0,70 

0.90 

0*75 

0*70 

0.65 

2 in. thick 

MIL-1'22023, Til, Cl 4, 2 in. 

0.04 

0*10 

0.25 

0.70 

0.90 

0*90 

o.so 

0.75 

0,70 

thick behind 2-mil Mylar 
vapor barrier and perforated 




0.92 


0.79 

0.53 



aluminum sheathing 

0.10 

0.20 

0.28 

0.99 

0.37 

0.25 

Table 5 Example calculation of an average Sabine absorption coefficient for a 

compartment 






Octave Band Center Frequency, Hz 




31.5 

63 

125 

250 

500 

1000 

2000 

4000 

8000 

Deck: 

^i( a 5As)i = (10 ft X 8 ft) (a SAB h 
Overhead: 

0.8 

1.6 

1*6 

2.4 

2.4 

2.4 

2.4 

1*6 

L6 




72 

60 

56 

52 

= (I® ft X 8 ft) (ctsAsla 

Walls: 

2.4 

4.0 

6.6 

20 

56 

1.68 

1.12 

1*12 

1.12 

jStt(cig AB ) a — (8 ft X 7 ft) (*X£ab)3 

*Sa<*sa&)i = (10 ft X 7 ft) kisABh 

0.56 

0.56 

1.12 

1.68 

1.68 

7.0 

14.0 

19.6 

64.4 

69.3 

55*3 

37.1 

25.9 

17,5 

Total Sabines = ^ S/osab). 
Average Sabine absorption eoeff. 

18.3 

34.7 

48.6 

154.6 

200.4 

188.4 

138.8 

111*6 

90.8 

0*22 

“ 2 

0.04 

0.08 

0*12 

0*38 

0.49 

0.46 

0,34 

0*27 


Notes: 

Compartment size: 10 ft Jang x 8 ft wide X 7 ft high. 

Surface covering 

1. Deck: tiled. 

2. Overhead: l-in.-thick MIL-A-23054 acoustic board. 

3. Walls: 

(a) Each 8-ftdong wall — -steel plate. 

(b) Each 10-ft-long wall — 2-in. MIL- 1-22023, Type II, Class 4 insulation behind 

2-mil vapor barrier and perforated aluminum sheathing. 



.1 .2 A . 6 1 2 4 6 10 20 40 60 100 


DISTANCE FROM ACOUSTIC CENTER OF SOURCE HO 
Fig. 15 Effect of room acoustics and distance on pressure level 

e Break the noise path 

• Lengthen the noise path 

* Increase the attenuation along the noise path 
Barriers, Breaking the noise path is an effective way 

to reduce airborne noise, and this is frequently accom- 
plished by placing a barrier between the source and the 


receiver. Partitions, which are essentially partial barriers, 
can be used if frequent access to the noisy equipment is 
required. Unfortunately, noise can also reach the receiver 
by reflected paths (such as off the overhead anti nearby 
bulkheads), which limits the effectiveness of partitions. 
For small sources in large rooms, an enclosure around 
the source or, occasionally, the receiver, can serve as the 
barrier* For an enclosure to be most effective, it should 
be virtually airtight and the walls should be made of a 
material that has a high transmission loss at the most 
problematic frequency. The walls of an enclosure can be 
a self-supporting structure, or they can be in the form of 
a high-mass curtain that is supported by a lightweight 
frame. It may also be beneficial to line the interior of the 
enclosure with a sound-absorbent material to suppress 
the level within the enclosure. In any event, enclosures 
must be designed to provide adequate access for routine 
operation and maintenance* The failure to properly con- 
sider these requirements during the design of enclosures 
often results in the enclosures being abandoned in service* 
The actual transmission loss of a partition depends on 
several quantities, including: the frequency, sound pres- 
sure level, and incidence angle of the impinging sound; 
the speed of sound and density of the air; and the density, 
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10 100 1000 10000 
FREQUENCY, Hz 

Fig. 16 Limp-moss barrier theoretical transmission loss (normal incidence! 


thickness, bending stiffness, and loss factor of the parti- 
tion. For limp, mass-loaded curtains, the bending stiffness 
of the material is negligible and the transmission loss can 
be approximated by the “mass law” [1] as follows: 


C L = 10 log 10 



where 

C L - curtain transmission loss, dB 
oj = circular frequency = 2 wf, rad/sec 
/ — frequency of impinging sound, Hz 
p s = panel surface density, lb-sVft 3 
p = density of air, Ib-eVft 4 
c — speed of sound in air, ft/sec 
0 = incidence angle between sound and panel, deg 

The only property of the barrier in this equation is its 
surface mass. For sound that has a normal incidence angle 
(0=0 deg), the transmission loss increases 6 dB each time 
the surface mass of the barrier is doubled (except at very 
low frequencies). Figure 16 shows the theoretical trans- 
mission loss for limp-mass barriers having weights in the 
range of those commonly used. 

The transmission loss through rigid panels is signifi- 
cantly different from that predicted by the mass law. 
The bending stiffness of a rigid panel supports traveling 
waves which, at the proper frequencies, cause large-dis- 
placement vibrations, or resonances. At these resonant 
frequencies, the large amplitudes of vibration signifi- 
cantly reduce the transmission loss through the panel. At 
low frequencies, the stiffness of the panel produces a 
somewhat higher transmission loss than is predicted By 
the mass law. Additional guidance concerning the predic- 
tion of the transmission loss through rigid panels made 
of typical shipboard materials is contained in reference X. 

The effect of penetrations in a sound barrier must also 
be recognized. Any windows, doors, or clearance holes 
(such as for piping, ventilation ducts, or electrical cables) 
must have a transmission loss which is equal to that of 



TL 


Net 


TL 


Lower 


ATL 


20 

TL, 


30 40 

TL, 


50 60 

(dB) 


Higher 'Lower 
Fig. 17 Degradation of enclosure Iron session loss due to penetration % 


the barrier in order to maintain the barrier's effective- 
ness. Small penetrations which have significantly lower 
transmission losses than the surrounding barrier will 
allow sound to enter or escape, which reduces the “net” 
transmission loss of the wall. The amount of reduction can 
be determined from Fig. 17, as illustrated by the following 
example. 

Assume that a 100- ft 2 barrier has been designed to pro- 
vide a TL of 50 dB at a particular frequency. However, a 
1-ft 2 window^ with a TL of only 20 dB (at the same design 
frequency) has been installed in the barrier. In this case, 
the area of the window (the penetration) is 1% of the 
total barrier area, and the difference in TL between the 
unpenetrated barrier and the window is 30 dB (ZX(higher) 
— TZflower) = 50 dB — 20 dB — 30 dB). To determine 
the “net” transmission loss of the wait and window, enter 
the horizontal axis of Fig. 17 at a value of 30 dB, proceed 
vertically and intersect the “1% open area” curve, then 
read the value of A TL from the vertical axis (20 dB). This 
A TL is then added to the TL of the window or barrier — 
whichever is lower— to determine the net TL of the “pene- 
trated” barrier. In this example, the effectiveness of the 
original 50-dB barrier has been reduced by 10 dB by the 
addition of the window. 

Distance. Airborne noise can also be reduced by 
lengthening the path between the source and the receiver. 
The noise generated by a source naturally radiates out- 
ward in all directions. The acoustic power radiated is con- 
stant, but the acoustic intensity (which is the power per 
unit area) decreases with increasing distance from the 
source. Since the acoustic pressure is proportional to the 
acoustic intensity, the sound pressure level also decreases 
with distance from the source. This phenomenon is called 
“spherical spreading” and, in a free field environment, 
results in a 6-dB reduction in the sound pressure level 
when the distance between the source and receiver is dou- 
bled, This reduction can be determined from the ex- 
pression; 
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Table 6 Attenuation of square duct, dB/ft [8] 

Smaller Interior Octave Band Center Frequency, Hz 

Dimension. 


in. 

31.5 

63 

125 

250 

500 

1000 

2000 

4000 

8000 

Unlined 

5 to 10 

0.12 

0.10 

0.10 

0.05 

0.05 

0.04 

0.04 

0,04 

0.04 

11 to 17 

0.16 

0.15 

0.10 

0.05 

0,05 

0.04 

0.04 

0,04 

0.04 

18 to 24 

0.20 

0.18 

0.12 

0.06 

0.05 

0.04 

0.04 

0.04 

0.04 

25 to 35 

0.22 

0.20 

0.13 

0,06 

0.05 

0.04 

0.04 

0.04 

0,04 

36 to 48 

1-in. Inside lining 

0.23 

0.21 

0.14 

0.07 

0.05 

0,04 

0.04 

0,04 

0.04 

5 to 10 

0.22 

0.25 

0.30 

1.20 

2.00 

3.00 

3,00 

2.40 

2.00 

11 to 17 

0.27 

0.27 

0.27 

1.00 

1.60 

2.20 

2.70 

1,80 

1.20 

18 to 24 

0.27 

0.27 

0,25 

0.50 

1.20 

1.80 

1.80 

1,40 

1.00 

25 to 35 

0,27 

0,28 

0,23 

0.30 

0.90 

1.20 

1.20 

0.90 

0.80 

36 to 48 

0.28 

0.28 

0.23 

0.28 

0.80 

LOO 

1.00 

0.80 

0.60 

2-in. Inside lining 

5 to 10 

0.25 

0.35 

0.45 

1.53 

2.60 

4.00 

4.00 

3.00 

£.50 

11 to 17 

0.27 

0.32 

0.37 

2.23 

2.20 

3.00 

3.00 

2.40 

1.60 

18 to 24 

0.30 

0.32 

0,33 

0.87 

1.30 

2.40 

2.30 

1.90 

1.35 

to 35 

0.31 

0,31 

0.29 

0.53 

1.20 

1.60 

1.40 

1.20 

LOO 

36 to 48 

0.30 

0.30 

0.28 

0.45 

1.02 

1.30 

1.20 

1.00 

0.76 

4-in. Inside lining 

5 to 10 

0.38 

0.53 

0.68 

2.30 

2.60 

4.00 

4.00 

3.00 

2.50 

11 to 17 

0.40 

0,48 

0.56 

3.35 

2.20 

3.00 

3.00 

2.40 

1.60 

IS to 24 

0.45 

0.48 

0.50 

L31 

1.80 

2.40 

2.30 

1,90 

1.35 

25 to 35 

0.46 

0.46 

0,44 

0.80 

1.20 

1.60 

1.40 

1.20 

1.00 

36 to 48 

0.45 

0,45 

0.42 

0.68 

1.02 

1.30 

1.20 

LOO 

0.76 


D c *= 20 log l0 r + 1 (19) 

where D c is the sound pressure level reduction caused by 
distance (in decibels) and r is the distance from the source 
in feet. Reducing noise levels by increasing the distance 
from the source may be feasible during the early design 
stages, before the shipboard arrangements have been fi- 
nalized; however, as the design develops further, there is 
less opportunity for this alternative. 

Attenuation. Airborne noise can also be reduced by 
increasing the attenuation along the noise path. As pre- 
viously described, the sound pressure level at a point in a 
compartment can be due to both a directly radiated sound 
field and a reflected, reverberant field. The path that the 
reverberant noise takes in going from the source to the 
receiver can include many interactions with the compart- 
ment's boundaries. Increasing the attenuation, or absorp- 
tion, of these boundaries will increase the room constant, 
lower the intensity of the reverberant sound field, and 
reduce the overall sound pressure level. 

In ventilation systems, airborne noise can travel 
throughout the ducting to each compartment served by 
the system. This noise can be generated by the ventilation 
fans themselves, by high-velocity airflow, or it can origi- 
nate from a noisy compartment. This noise can be effec- 
tively reduced by increasing the attenuation along the 
duct. This is typically done by lining the inside of the 
duct walls with fiberglass batting held in place behind a 
perforated sheet-metal liner. The attenuation is expressed 
in decibels per foot of treated duct and depends upon the 
thickness of the lining and the size of the duct as indicated 
by Table 6, 

In addition to sound, however, fiberglass lining can also 
absorb vapors from hydraulic fluid, lubricating oil, fuel 
oil, and exhaust fumes. In spaces where these vapors may 
be present, the fiberglass should be protected with a vapor 


barrier. Unfortunately, this usually reduces the lining's 
acoustic effectiveness. 

2,3 Structureborne Noit# Path Treatment*. Like air- 
borne noise, structureborne noise is treated by: 

* Breaking the noise path 

* Lengthening the noise path 

* Increasing the attenuation along the noise path 

Isolation mounts. The most effective way to reduce 

structureborne noise is to break the path between the 
source and the supporting structure. This is typically done 
by Isolating vibrating machinery from its supporting 
structure, or foundation, with isolation mounts. In the 
example system of Fig. 8, the hydraulic pump could be 
resiliently mounted to reduce the vibration transmitted to 
the foundation, Likewise, the structureborne path from 
the pump through the piping system could be broken by 
inserting a length of flexible hose. If necessary, additional 
reductions could be made in the structureborne vibrations 
by resiliently mounting the piping. 

There is a wide variety of noise-isolator designs. Elasto- 
mers, such as neoprene, are typically used for the resilient 
element in the mounting arrangement. However, metal 
meshes, steel springs, and wire ropes have also been used 
for high-temperature or extremely severe service condi- 
tions. The sizes of commonly used noise isolators range 
from those suitable for components weighing no more 
than a few pounds up to those used to support machinery 
weighing many tons. 

For custom installations and large-surface-area applica- 
tions, sheets of ribbed elastomer can provide cost-effec- 
tive isolation. This “distributed isolation material” (DIM) 
can be cut to size at installation and is commercially avail- 
able in elastomer grades which can handle loads of up to 
100 psi. The natural frequency at this loading is approxi- 
mately 18 Hz, and it increases to approximately 33 Hz for 
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FREQUENCY. Ht 


Fig. 1 8 Typical response of o s in gle- deg ree-of -freedom system 

a distributed isolation materia] pad with a light load of 10 
psi. 

Choosing the proper isolation mount requires an under- 
standing of how they function, plus some knowledge 
about the equipment to be mounted. Isolation mounts are 
simply metallic or elastomeric springs that isolate vibrat- 
ing machinery from its supporting foundation. The degree 
of isolation is characterised by the "transmissibility," 
which is the dynamic force input to the foundation divided 
by the dynamic force generated by the equipment. When 
the equipment operates below the natural frequency of 
the system (i.e., the machinery mounted on the isolators), 
the unsteady force into the foundation is amplified. At 
frequencies sufficiently above the system's natural fre- 
quency (approximately 1.4 times higher), the unsteady 
force is attenuated, and the attenuation increases at a 
rate of 12 dB per octave. This concept is shown in Fig. 18 
for an ideal one-degree-of-freedom system. For this type 
of system, then, a mount size should be chosen that can: 
(1) support the weight of the equipment within the design 
load range of the mount, and (2) provide a system natural 
frequency that is at least an octave lower than the equip- 
ment's lowest forcing frequency. Theoretically, then, this 
would ensure attenuation of the equipment’s higher fre- 
quencies. For practical installations, however, several fac- 
tors limit the actual attenuation that can be achieved. 
Neither the foundation nor the equipment's mounting feet 
are infinitely stiff, which introduces additional high-fre- 
quency resonances. Reference 14 describes a method for 
estimating the effectiveness of resilient mounts with the 
foundation flexibility included. Internal resonances can 
also exist within the mounts and can limit their high- 
frequency performance. Often, a mount may not be com- 
mercially available in the “optimum" size. In this c£se, 
the next largest size is typically used which, usually being 
staffer, raises the system's natural frequency. Finally, 
other attachments to the isolated equipment — such as 
power cables and fluid piping — can provide additional 
transmission paths for the noise. 

One means for improving high-frequency attenuation 
is the use of compound mounting. Figure 19 shows several 
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(BEDPLATE* 

Fig. 19 Typical machinery compound EsaJaftan 

machinery components that are resiliency mounted to a 
common bedplate, or “machinery raft,” that is also iso- 
lated. The additional isolators and the mass of the bed- 
plate introduce an additional resonance that must be con- 
sidered. However, the benefit of compound mounting is 
that at higher frequencies (well above the primary and 
secondary resonances), the attenuation increases at a rate 
of 24 dB per octave — twice the rate of a single mount 
Generally speaking, the heavier the bedplate, the greater 
the attenuation. However, the increased attenuation must 
be traded off against the increased weight and space re- 
quired. 

In addition to mount performance, other factors must 
also be considered in designing an isolator installation. 
Additional space is required by the isolators and provi- 
sions must be made for them in the equipment arrange- 
ment. Ship motions (e.g., pitch and roll) cause isolated 
components to deflect, and to prevent contact with sur- 
rounding structure or hard-mounted components, stabiliz- 
ing bars that include isolation elements may be needed at 
the top of the equipment. Furthermore, piping that ser- 
vices isolated components should be attached with flexible 
connectors to avoid transmitting forces between the iso- 
lated components and the rigidly mounted piping. 

Distance. Reducing structureborne noise by increas- 
ing the length of the path between the noise source and 
the receiver is very effective during the early design 
phases, but is seldom practicable thereafter. 

Increased attenuation. Reducing structureborne noise 
by increasing the attenuation along the path can be appro- 
priate in some cases. Surface damping treatments can be 
effective in attenuating structureborne noise that propa- 
gates along a structure in the form of bending, or flexural, 
waves. 

Unfortunately, the noise level at the receiver may not 
be reduced by an equivalent amount. Structureborne 
noise can also propagate in the form of compressional, 
or longitudinal, waves which are very difficult to damp. 
Unlike bending waves, compressional w r aves cause very 
little deformation of the structure's surface and so it is 
difficult to transfer the strain energy in these waves to a 
surface-mounted damping material. 
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Table 7 Allowable noise levels at the bridge wing lookout station, dB 





w ^ ''•'1 

Octave Band Center Frequency, Hz 




31.5 

63 125 

250 500 1000 2000 

4000 

8000 

Maximum allowable SPL 

at bridge wing dB (ref 20 

90 

85 80 

75 70 65 65 

70 

72 


2.4 Receiver Noise Control. After noise has reached 
a receiver, the alternative means of treating the noise 
becomes more limited, but there are several treatments 
that may be applied advantageously. 

Personal hearing devices. The most common treat- 
ment for airborne noise at a human receiver is the use of 
hearing-protection devices. A combination of ear plugs 
and earmuffs can provide a noise reduction of 30 dB or 
more between 250 and 8000 Hz. In high noise level envi- 
ronments, an added benefit of hearing-protection devices 
is that they can actually improve the intelligibility of 
speech [15]. If only short-term exposure to high noise 
levels is required, using hearing-protection devices may 
be a cost-effective solution. 

Structural modifications. Structureborne noise can 
also be reduced at the receiver by modifying the local 
structure. If the receiver is hard mounted to the sur- 
rounding structure, then changing the dynamic character- 
istics of the structure can alter the level of vibration. 
These characteristics can be modified by changing (usu- 
ally increasing) the rigidity of the structure, by changing 
(usually adding) mass in the vibrating elements, or by 
adding damping to lower the resonant vibration levels. 

Tuned dampers. If the receiver is resiliently mounted 
but vibration at a single frequency is transmitted from the 
foundation, the use of “tuned dampers" may be feasible. 
These devices consist of small masses (on the order of a 
few percent of that of the receiver) resiliently mounted to 
the receiver. However, instead of using a spring as the 
resilient element, a viscoelastic material is used. As the 
receiver vibrates, the energy is transferred to the damp- 
ers and is absorbed by the viscoelastic material, as shown 
schematically by Fig. 20. The viscoelastic material is typi- 
cally used in a tension/ compression mode, but shear and 
surface-mounted configurations have also been used. Ad- 
ditional details concerning the design of tuned dampers 
can be found in reference 13. 

2.5 Example Noise Analysis* To illustrate the princi- 
ples applied when conducting noise analyses, an evalua- 
tion will be made of the noise levels that can be expected 
at the bridge wing lookout station on a ship with gas 
turbine propulsion. 

The maximum allowable noise levels specified for the 
lookout station are given in Table 7. 

The noise produced by the gas turbine is believed to be 
the dominant nouse source; therefore, that source of noise 
will be evaluated first. In the absence of directly applica- 
ble data, estimates of the noise levels at the engine inlet 
and exhaust could be made by using equations such as 
those presented in reference 8. However, in this case, 
directly applicable data were available from reference 16 
and are given in Table 8. 


Table 8 Sound power levels at the inlet and exhaust of a 
gos turbine, dB [16] (PWl re f 10 -T2 W) 

Octave Band Center Frequency, Hz 

31,5 63 125 250 500 1QQQ 2000 4000 8 000 

Inlet 114 115 117 116 122 130 137 148 141 

Exhaust 124 125 123 122 119 111 108 98 91 


Table 9 Attenuation of unlined 90-deg duct turns, dB [8] 

SmalW MtoFbw 0ctave Band Center Frequency, Ha 

dimension, in. 31.5 63 125 250 500 1000 2000 4000 8000 

5 to 10 0 0 0 0 0 I 2 3 3~ 

11 to 20 0 0 0 0 1 2 3 3 3 

21 to 40 000123 3 3 3 

41 to 80 00123 3 3 3 3 



A schematic of the ship arrangement is shown in Fig. 
21. The preliminary ship arrangement indicates that the 
lookout station is located 40 ft from the engine intake duct 
inlet and 75 ft from the exhaust stack outlet. 

The dominant airborne noise path from the engine in- 
take is through the intake duct. Similarly, the path from 
the engine exhaust is through the exhaust duct. 

Figure 21 indicates that the gas turbine inlet consists 
of two 90-deg unlined bends and a section of unlined, 
straight duct that is 10 ft long. The attenuation provided 
by a 90-deg bend is given in Table 9. The noise attenuation 
in straight unlined duct is given in Table 6, An end loss 
correction is also needed to account for the noise reflected 
at the face of the inlet. This correction is a function of the 
duct opening area [8], and the corresponding values are 
given in Table 10. (Note: To simplify the calculations, the 
values given in Table 10 have been rounded to the nearest 
decibel.) 

The intake duct inlet is oriented 180 deg away from 
the lookout station; therefore, a directivity correction is 
necessary. This correction is based on the size of the inlet, 
its orientation with respect to the receiver, and the fre- 
quency of the noise in the inlet [8]. The resulting directiv- 
ity correction is included in Table 10, 
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The reduction in the sound pressure level due to the 
distance from the intake duct inlet to the lookout station 
can be estimated from equation (19). A 40*ft distance re- 
sults in a distance correction of 33 dB, which is included 
in Table 10. 

The attenuations in the noise level resulting from the 
90-deg bends, straight duct, end loss correction, directiv- 
ity correction, and distance corrections are summed and 
deducted from the sound power level at the gas turbine 
inlet to determine the noise level at the lookout station 
caused by this noise source. 

The noise level at the lookout station caused by the gas 
turbine exhaust is determined similarly. The sound power 
levels at the turbine exhaust are listed in Table 8, and the 
attenuation in this case is the result of a 17-ft unlined 
straight section of exhaust duct, an end-loss correction, a 
directivity correction for a 16-ft opening with a 135-deg 
bend, and a distance correction for the 75 ft between the 
exhaust outlet and the lookout station. Using the same 
procedures as those used to assess the attenuation for the 
inlet duct, the attenuation in the exhaust duct is calculated 
and subtracted from the noise level at the engine exhaust 
to determine the noise level at the iookout station from 
that source. The noise levels originating from the gas 
turbine inlet and the gas turbine exhaust are then com- 
bined to determine the total noise level at the lookout 
station that originates at the gas turbine. 

An assessment was made of the noise levels originating 
from auxiliary machinery, ventilation, and other sources 
and all were determined to be more than 10 dB lower 
than those originating from the gas turbine; therefore, no 
source, other than the gas turbine, has an effect upon the 
total noise levels at the lookout station, 

A comparison between the total sound power level 
(SPL) calculated at the lookout station and that allowable 
shows that noise control treatment is required for the 
frequencies above the 500-Hz octave band, particularly 
the 2000- and 4000-Hz octave bands. 

Comparing the noise originating from the turbine inlet 
and outlet shows that, in these octave bands, the inlet is 


the dominant source. No feasible method of reducing the 
noise level at the source is apparent, and treating the 
receiver at the lookout station is not practicable; there- 
fore, attention will initially be focused upon increasing 
the attenuation along the intake path. 

The principal alternatives in increasing the attenuation 
along the path from the engine intake to the lookout sta- 
tion are to: 

. Break the path with a barrier. A barrier could possi- 
bly bt added by relocating some existing structure 
to block the direct path between the entrance to the 
inlet duct and the lookout station; however, such 
a modification would have to be confirmed to be 
compatible with ship arrangement requirements. 

• Increase the length of the noise path. Lengthening 
the noise path would require the bridge to be moved, 
the ’air intake inlet to be relocated, or a combination 
of both. This alternative would also entail significant 
changes to the ship arrangement, but may have to 
be considered further if there is no preferred reso- 
lution, 

* Increase the attenuation along the existing path. 
Alternative methods of increasing the attenuation 
along the path include: adding sound-absorptive 
treatment to the inside of the intake duct or replac- 
ing part of the inlet duct with a low-pressure-drop 
silencer. These solutions appear feasible and will be 
investigated further. 

By adding four inches of sound-absorptive treatment to 
the internal surface of the inlet duct along 10 ft of its 
straight length, the attenuation effect would be increased 
as indicated in Table 6. Table 11 shows that treating 10 ft 
of the straight inlet duct would be beneficial, but further 
attenuation is necessary. 

Instead of lining the straight portion of the inlet duct, a 
more effective solution would be to install a low-pressure- 
drop silencer near the inlet to the engine. This option 
would expose the noise in the inlet duct to a larger area 
of absorptive material. The performance of a 5-ft-long 



Fig. 21 Gas turbine arrangement ichemotte 
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Table 10 Design example: SPL at bridge wing lookout station, dB (ref 20 p,Pa) 






Octave Band Center Frequency, Hz 





31.5 

63 

125 

250 

500 

1000 

2000 

4000 

8000 

PWL at turbine inlet 

114 

115 

117 

116 

122 

130 

137 

148 

141 

Attenuation: 

90-deg bends £2) 

0 

0 

2 

4 

6 

6 

6 

6 

6 

10-ft straight duct 

2 

2 

1 

1 

1 

0 

0 

0 

0* 

end loss 

8 

4 

1 

0 

0 

0 

0 

0 

0 

directivity correction: 180 deg 

1 

5 

9 

12 

14 

16 

18 

20 

21 

distance correction; 40 ft 

33 

33 

33 

33 

33 

33 

33 

33 

33 

total attenuation 

44 

44 

46 

50 

54 

55 

57 

59 

60 

Intake SPL at station 

70 

71 

71 

66 

68 

75 

80 

m 

81 

PWL at turbine exhaust 

124 

125 

123 

122 

119 

111 

108 

98 

91 

Attenuation: 

17-ft straight duct 

4 

4 

2 

1 

1 

1 

1 

1 

1 

end loss 

8 

4 

1 

0 

0 

0 

0 

0 

0 

directivity correction: 135 deg 

1 

5 

9 

12 

14 

16 

18 

20 

21 

distance correction: 75 ft 

39 

39 

39 

39 

39 

39 

39 

39 

39 

total attenuation 

52 

52 

51 

52 

54 

56 

58 

GO 

61 

Exhaust SPL at station 

72 

73 

72 

70 

65 

55 

50 

38 

30 

Total SPL at station: 

SPL difference [inlet — exhaust) 

2 

2 

1 

4 

3 

20 

30 

51 

51 

Decibel addition delta 

2 

2 

3 

1 

2 

0 

0 

0 

0 

Total SPL 

74 

75 

75 

71 

70 

75 

SO 

89 

81 

Allowable SPL at station 

90 

85 

SO 

75 

70 

65 

65 

70 

72 

Excess SPL at station 

0 

0 

0 

0 

0 

10 

15 

19 

9 


Table T 1 Design example: effect of treatments an bridge wing SPL, dB (ref 20 p.Pa) 






Octave Band Center Frequency, Hz 




3L5 

63 

125 

250 

500 

1000 

2000 

4000 

8000 

Effect of lining inlet duct 

Lined duct: 4-in. lining 

5 

5 

4 

7 

10 

13 

12 

10 

S 

Unlined duct 

2 

2 

1 

1 

1 

0 

0 

0 

0 

Increased attenuation 

3 

3 

3 

6 

9 

13 

12 

10 

8 

Attenuation of low-pressure-drop silencer 

5-ft Long 

2 

8 

12 

14 

16 

19 

20 

18 

14 

7-ft Long 

3 

10 

15 

19 

20 

22 

24 

22 

18 

Intake SPL at station with 7-ft silencer 

67 

61 

56 

47 

48 

53 

56 

67 

63 

Total treated SPL at station: 

SPL difference [treated inlet — exhaust] 

5 

12 

16 

23 

17 

2 

6 

29 

33 

Decibel addition delta 

1 

0 

0 

0 

0 

2 

1 

0 

0 

Total treated SPL 

73 

73 

72 

70 

65 

57 

57 

67 

63 

Allowable SPL at station 

90 

85 

SO 

75 

70 

65 

65 

70 

72 

SPL excess 

0 

0 

0 

0 

0 

0 

0 

0 

0 


silencer (Table 2) falls just short of the needed attenuation 
in the 4000-Hz octave band, but the 7-ft-Iong silencer pro- 
vides the required attenuation in all octave bands. The 
effect of such a silencer is shown in Table 11, 

The addition of a low-pressure-drop silencer is shown 
to provide the attenuation necessary to satisfy the noise 
level requirements specified for the lookout station. How- 
ever, further investigations must be made before a satis- 
factory resolution is confirmed. Thatis^ evaluations rela- 
tive to concerns of the following types must be conducted: 

* Effect of the silencer on the performance of the gas 
turbine, 

* Effect of the silencer on access for maintenance and 
overhaul, 

* Potential of dislodged silencer elements to become 
foreign-object hazards to the engine. 

* Silencer space and weight requirements, 

* Silencer life-cycle costs. 


Clearly, the most appropriate resolution to noise prob- 
lems cannot be determined without consideration for 
other design requirements, and several iterations may be 
required before a resolution to all requirements is de- 
veloped. 
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CHAPTER XIV 


William J. Sembler 


Pumps, Compressors, 
Blowers, and Ejectors 


Section 1 
Pumps 


1.1 Fundamentals. The energy added by a pump to 
the liquid passing through it is often referred to as the 
total head, which is equal to the total suction head of the 
liquid when it enters the pump subtracted from the total 
discharge head of the liquid when it leaves the pump. If 
the total suction head is negative, it is usually referred to 
as total suction lift and would be added to the total dis- 
charge head. The head or energy per unit mass flow rate 
of a liquid is generally considered to consist of: 

1. a pressure head due to the force per unit area ex- 
erted by the liquid, 

2. a dynamic or velocity head, which is a measure of 
the liquid's kinetic enerpr, and 

3. a potential or static head due to the elevation of the 
liquid above a given horizontal reference plane or datum. 
Referring to Fig. l t and using subscripts s and d to refer 
to conditions at locations A and B, respectively, the total 
head developed by the pump in the system shown is equal 
to 


-F 


I 144 p s 


where 


V 2 1 


a) 


H = total head, ft 

p — liquid pressure above (+) or below {— ) atmo- 
spheric pressure, psig 
p = liquid density, pcf 
V = liquid velocity, fps 

Z = static head above (-b) or below (— ) the datum 
elevation, ft 

H /d — friction and turbulence losses in discharge pipe 
from pump to point B, ft 
= friction and turbulence losses in suction pipe 
from point A to pump, ft 
g — acceleration due to gravity, 32.17 ft/s 2 


For either a vertical centrifugal pump with a double-suc- 
tion first-stage impeller or a horizontal centrifugal pump, 
the datum elevation is established by the horizontal plane 
that passes through the first-stage impeller's centerline, 
and for a vertical centrifugal pump with a single-suction 


first-stage impeller it is defined by the horizontal plane 
that passes through the first-stage impeller's entrance 
eye. For rotary and reciprocating pumps the datum eleva- 
tion is established by the horizontal plane that passes 
through the centerline of the pump's inlet port [1]. 

A modification to equation (1) can be made to permit 
the specific gravity of the pumped liquid to be used in lieu 
of density to calculate total head, as shown by 




p*-p> , n- vi 


Z d -Z t + H /d + H /t < 2 > 


0.433 (sg) 2 g 

where sg is the liquid specific gravity, based on 1.0 for 
fresh water at a temperature of 68 F. 

There are two fundamental types of pumps: the kinetic 
type, which includes the centrifugal, regenerative turbine, 
and vertical turbine pumps; and the positive-displacement 
type, which includes rotary, reciprocating, and diaphragm 
pumps. 


1 .2 Centrifugal Pumps. 

a. Classification, A centrifugal pump basically con- 
sists of a vaned impeller mounted on a shaft that rotates 
within a stationary casing. As it turns, the impeller trans- 
fers energy to the liquid flowing between its vanes. In 
genera], as liquid enters a centrifugal pump's impeller 
its flow is primarily in the axial direction. If there is a 
tangential component to the inlet flow, it is often referred 
to as “prewhirr or “prerotation. " An impeller that has an 
inlet, referred to as the eye, on only one side is classified 
as a “single-suction" impeller, while those that receive 
liquid simultaneously from both sides are classified as 
“double-suction” impellers. Impellers are also classified 
as being designed for radial-flow, mixed-flow (radial and 
axial), or axial-flow operation. These classifications refer 
to the primary orientation of flow at the discharge from 
the impeller with respect to the axis of rotation. 

The type of impeller required for a particular applica- 
tion can often be predicted from the pump's specific speed, 
N s , which can be calculated using the equation 


NQ l/ 2 


( 8 ) 


where N is the operating speed (rpm) and Q the volumetric 
flow rate or capacity in gallons per minute (gpm). The 
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values of capacity, Q , and total head, ff r used In equation 
(3) are those at the pump's best efficiency point. In addi- 
tion, for a multistage pump, which can be thought of as 
multiple single-stage pumps arranged in series, the value 
of H used to calculate specific speed is the total head 
developed per stage. In addition to being useful in pre- 
dicting the efficiency that can be expected from a new 
design and, therefore, the size of the driver required, the 
specific speed can also be useful in approximating the 
radial shape of a new pump impeller. A lower specific 
speed represents a relatively high value of total head with 
respect to the capacity being delivered. This combination 
of performance requirements results in the use of an im- 
peller with a relatively large outside diameter and narrow 
waterways. Conversely, the impeller in a high specific 
speed pump will tend to have a smaller outside diameter 
due to the relatively low head developed, and wider water- 
ways to accommodate the higher flow rate. The three flow 
orientation categories for centrifugal pumps generally 
correspond to the following specific speed ranges: 

Flow Orientation Specific Speed 


Radial (single suction) 
(double suction) 
Mixed (single suction only) 
Axial 


< 4200 

< 6000 
4200 to 9000 

> 9000 


A radial- or mixed-flow impeller can also he classified as 
being: closed, which has vanes sandwiched between both 
a front and a rear shroud that enclose the waterways 
[see Fig. 2(a)]; semiopen, which includes vanes that are 
attached to a single rear shroud or sidewall [see Fig. 2(6)]; 
or open, in which the vanes are attached to the periphery 
of a hub and, in some cases, to a partial rear shroud [see 
Fig. 2(c)]. The rotating element in an axial-flow pump is 
frequently referred to as a propeller [see Fig. 2(d)]. An 
additional characteristic that is sometimes used to classify 


impellers is the curvature of their vanes. A cylindrical 
or straight-vane impeller has vanes that are curved only 
around the axis of rotation (he., the front and back faces 
of each vane are parallel to the axis of the pump's shaft). 
The use of straight-vane impellers is generally limited to 
low specific speed (N s < 1000) radial-flow applications. 
Francis or screw-vane impellers have vanes that are 
curved in two directions or twisted. These impellers are 
often utilized in the design of high specific speed (2000 < 
N$ < 4200) radial-flow pumps [2]. 

b . “Euler” head. Based on the conservation of angu- 
lar momentum, the net torque applied by a centrifugal 
pump impeller to the liquid passing through It is equal to 
the time rate of change in the liquid's angular momentum 
with respect to the axis of rotation. Using this principle, 
an expression for the theoretical increase in the energy 
of the liquid being pumped (i.e., the energy transferred 
from the impeller to the liquid) can be developed. In the 
folio wing equations, c refers to the liquid's absolute veloc- 
ity with respect to the casing, w refers to the liquid's 
relative velocity with respect to the rotating impeller, and 
u refers to the peripheral or tangential velocity of the 
impeller at a given radius, all in feet per second (fps). In 
addition, subscript u refers to the peripheral component 
and subscript m to the meridional component of the liq- 
uid's absolute and relative velocities. The meridional ve- 
locity is the portion of the liquid velocity that is normal to 
the corresponding peripheral velocity, and can consist of 
components in both the radial and axial directions [3]. The 
vectors that the above symbols represent can be used to 
form flow velocity triangles at the inlet and outlet of the 
impeller. Velocity triangle diagrams for radial- and axial- 
flow pumps are shown in Fig, 3, 

The angular momentum of liquid at any radius in the 
impeller is equal to the moment arm, or radius, multiplied 
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(oj Closed impeller 


W Sefntaperc impeller 


(c) Open impeller 


Fig. 2 CerUrifugof pump impellers (Courtesy Dresser R ump Division) 


M Propeller 



CYLINDRICAL SECTION 
NEAR RIM, R a 


CYLINDRICAL SECTION 
near HUB,R b 




GUIDE 

VANE 


[fl} Radrcl-flow 


(fc) AxiaMlow 


Fig. 3 Centrifugal pump velocity diagrams 


by the product of the liquid's mass times its peripheral 
velocity about the shaft axis, or 


where 



L = angular momentum, ft-lbf-s 
m = mass, Ibm 
R — radius, ft 

9c = gravitational constant, 32.17 ft-lbm/lbf-s 2 


(4) 


Using a dot ” ■ " to signify a change with respect to time, 
with steady-state flow the rate of change of the angular 
momentum equals 

, R • 

L = -c u m ( 5 ) 

where m is the flow rate, Ibm/s. 


The torque, T, applied to the liquid pumped at any given 
radius of the impeller is equal to L; therefore; using sub- 
scripts 1 and 2 to refer to conditions at the inlet and outlet 
of the impeller, respectively, with a constant mass flow 
rate the net change in torque applied to the liquid passing 
through the impeller is equal to 


m 


9i ? 


(6) 


where \T is the change in torque, ft-lbf. 

The theoretical rate of energy transfer to the fluid be- 
ing pumped, or power, is equal to the product of the net 
change in torque multiplied by the impeller’s angular ve- 
locity, as shown by the following: 
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E tk — AZiil — 1 (R 2 ^uM R\ £*il) f^J 

A 

where 

E th — theoretical rate of energy transfer, ft-lbf/s 
m ~ angular velocity, rad/s 

a )E is equal to the peripheral speed of the impeller, u , at 
radius R; therefore 

m 

E th - —(u* c u2 — Ui c ul ) (8) 

Sc 

The theoretical rate of energy transfer per unit mass flow 
rate equals 

~ = H t = — (u 2 c u2 - Ui c ul ) (9) 

wt 9c 

This is referred to as the “Euler equation/' and H e is 
called the “Euler head / 1 which is expressed above in ft- 
Ibf/lbm, If, however, g is substituted for g r in equation 
(9), the resulting unit of measurement for H e will be feet. 
Referring to Fig, 8(a), for radial-flow pumps 

ci - + cia ( 10 ) 

In addition, 

w* - 4*2 + (u z — c u2 f (11) 

By equating the two expressions that can be derived for 
c m2 from equations ( 10 ) and ( 11 ), it can be seen that 

u 2 c u it - ^ fe 2 + - W) ( 12 ) 

Similarly: 

Cul = | {c* + - wi) (13) 


The substitution of these values into equation (9) results 
in the following alternative form of the Euler equation 


H € = — 

2g c 


(d - d) + (ui - ui) 4- 


ui - wi) j 


(14) 


The first term in the above equation represents the in- 
crease in the kinetic energy or dynamic head of the liquid 
being pumped due to its acceleration from the inlet to 
the outlet of the impeller. The second and third terms 
represent an increase in the static pressure head of the 
liquid being pumped. The velocity of an actual liquid is 
never constant across a flow channel; therefore, average 
velocities are often used in the above equations. 

Using the velocity components shown in Fig. 3(a): 


C u 2 — u 2 * ( 15 ) 

Cul - Ui - w ul (16) 

Additionally, 

Wut = COt 02 (IT) 

w u , = w ml cot 0 t (18) 

where 0 is the relative flow angle in degrees, w mi which 


is the relative meridional velocity of the liquid traveling 
through the impeller's channels, can be found from 


Q 

448.8 Ar\ v 


(19) 


where 

A = total area of impeller's flow channels measured 
normal to the meridional flow*, ft 2 
— volumetric efficiency, which accounts for losses 
4 due to internal leakage flow recirculated within 
the pump, %/lGO 

By substitution, equations (15) and (16) can be rewritten 
as 


and 


— Wg *“ 


A .1 “ Ut - 


Q 

448.8 A z rj v 

Q_ _ 

448.8 A j t)„ 


cot /J £ 


cot Pi 


(20) 

( 21 ) 


If the above expressions for c u are now inserted into equa- 
tion (9), the result is 



Q 

448.8 ,4 2 tj„ 



( 22 ) 


Ml { Ul 448.8 A t Vv COt A )] 

If prerotation, c uti is assumed to be zero, the above equa- 
tion can be reduced to 

n e = L - -- - cot a) (23) 

3c \ 448.8 A 2 17 ,, j 

This form of the Euler equation shows that the total head 
developed at a given capacity and, therefore, the slope of 
the pump's performance curve of total head developed 
versus capacity delivered, referred to as the pump's head- 
capacity curve, is affected by the relative discharge flow 
angle. Impellers with radial or backward-curved vanes 
(0 2 ^ 90 deg) are used in most radial- and mixed-flow 
centrifugal pumps; therefore, the total head developed by 
these machines generally remains constant or increases 
as the capacity delivered is reduced. 

The above equations are also valid for axial-flow pumps. 
However* in these machines u x — u 2 at any given radius 
of the propeller, and the total Euler head developed by 
the entire propeller is equal to the integrated average of 
the head developed by each of the propeller's cylindrical 
sections. 

c. “Ideal” head. The Euler head calculated above 
can never be developed by a centrifugal pump. One reason 
for the reduction in the actual head developed by a radial- 
flow impeller is “slip/' As the impeller rotates, the liquid 
along the front faces of its vanes is at a higher pressure 
than the liquid adjacent to the back of each vane. Because 
of this pressure gradient, there also exists a velocity gra- 
dient across the impeller's flow channels, with the lower 
liquid velocities occurring along the front face of each 
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vane. As a result of this variation in velocity, the average 
relative flow angle of the liquid being discharged from 
the impeller, 0 2 > is less than the actual discharge angle 
of the vane. The reduction in that results from this 
deviation in fluid flow is often referred to as the “slip” of 
the impeller. From equations (9) and ( 22 ) it can be seen 
that a reduction in 0 2 and the corresponding reduction in 
Cyz result in a reduction in the total head developed by the 
Impeller, After the Euler head is reduced to account for 
slip, it is sometimes referred to as the “ideal head” [4], 
and is equal to 

Hi = pH* (24) 

where 

Hi = ideal head, ft (or ft-lbf/lbm) 

— slip factor 

The slip factor for a particular impeller is generally deter- 
mined based on the number of impeller vanes and the vane 
discharge angle using equations or curves derived both 
theoretically and empirically. Included among the most 
commonly used slip factors are those developed by Sto- 
dola and Busemann [4,5], 

d* Actual head. The ideal head, H if represents a re- 
duction in the Euler head, H e , based on the flow deviation 
of an ideal liquid. However, it does not include the effect 
of flow losses in the impeller due to friction and turbu- 
lence, and it includes none of the hydraulic flow losses 
that occur in the pump's casing. These losses are repre- 
sented by an additional correction factor called the hy- 
draulic efficiency. Using the hydraulic efficiency, the ac- 
tual head developed by the pump, H f equals 

H = ^ v h (25) 

where % is the hydraulic efficiency, %/ 100 , 

e. Power requirement* Based on equation (9), re- 
written in terms of volumetric capacity and horsepower, 
the hydraulic power required by a centrifugal pump is 
equal to 

= H t Q (sg) = HQ ( sg ) 

* 3960 3960 T) h 1 ’ 

where P h is the hydraulic horsepower, bp. Because of 
additional losses not accounted for in the hydraulic effi- 
ciency, the actual horsepower required to drive the pump 
exceeds P h , The sources of the additional losses include 
the following: 

* Mechanical losses, which include losses due to fric- 
tion in the pump’s bearings, seals, and packing. In gen- 
eral, the power necessary to overcome mechanical losses 
as a percentage of the hydraulic power increases with 
decreasing specific speed and capacity. 

* Disk friction, which includes the loss due to the fric- 
tion between the liquid in the pump's casing and the outer 
surfaces of its rotating impeller. The power necessary to 
overcome this loss, therefore, increases with the pump's 
impeller diameter and operating speed. 

* Internal leakage flow across wearing rings, in- 
terstage bushings, and internal balancing devices, which 
results in the recirculation within the pump's casing of a 
portion of the liquid being discharged from the impeller. 
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Fig. 4 Representative pump efficiencies versus specific speed and capacity 
far various applications 


The energy needed to pump this additional liquid is ac- 
counted for in the volumetric efficiency, tj,,* In general, 
the volumetric efficiency increases with specific speed and 
the capacity delivered. 

The above losses can be combined with the hydraulic 
horsepower to determine the total power required to drive 
the pump as follows: 


= HQ kg) HQ (sg) 

P 3960^ ^ m 3960 Vp 

where 


(27) 


P p — brake horsepower (bhp) required to drive the 
pump, hp 

= overall pump efficiency, %/100 
Pd/ — horsepower to overcome disk friction, hp 
P m — horsepower to overcome mechanical losses, hp 

A correlation of typical pump efficiencies versus specific 
speed and capacity is shown in Fig. 4, Similar charts with 
correction factors for operating speed and surface finish 
are included in reference 6 * 
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Fig. 5 Vgjgte-type centrifugal pump cosing 


f ♦ Casings. Centrifugal pump casings can be split 
along a plane that passes through the shaft axis, referred 
to as axially split, or along a plane that is perpendicular 
to the shaft, referred to as radially split. Many pump 
casings used in marine applications are designed to be 
mounted vertically, which typically requires less deck 
space than horizontal mounting. 

The casing performs three important functions related 
to the pump's hydraulic performance: 

1. It guides the liquid being pumped from the inlet of 
the suction noz 2 le to the eye of the impeller. In some 
cases guide vanes may be added to the suction nozzle to 
straighten the flow entering the impeller, and to break up 
vortices formed by liquid that may be recirculated back 
out of the impeller's eye. 

2. It collects the liquid being discharged from the pe- 
riphery of the impeller, and converts a portion of the ki- 
netic energy or velocity head in the liquid to pressure 
head. This is often referred to as pressure recovery or 
diffusion, and is necessary due to the liquid's high abso- 
lute velocity when it leaves the impeller, 

3. It guides the liquid discharged from the pressure- 
recovery device to the inlet of the next stage in a 
multistage pump, or to the outlet of the pump's discharge 
nozzle. 

Collectors and pressure-recovery devices that are com- 
monly used include the following: 

* Volutes. The volute or scroll, as shown in Fig, 5, is 
characterized by a channel with a gradually increasing 
radius and cross-sectional area that surrounds the periph- 
ery of the impeller. Volutes are used with many single- 
stage radial- and mixed-flow centrifugal pumps. A volute 
ts sometimes designed so that the increase in its cross- 
sectional area is proportional to the angular advancement 
from the tongue or cutwater to the throat. With this con- 
figuration the pumped fluid is assumed to have a constant 
average velocity in all sections of the volute during opera- 
tion at the design capacity, which is generally at or near 
the best efficiency point. As an alternative to maintaining 
a constant velocity, a volute may be designed so that 
the fluid passing through it maintains a constant angular 
momentum (he., Ec u — constant) at the design capacity. 
When this latter method is used to size the volute, it is 
assumed that the peripheral velocity of the fluid decreases 



Fig, 6 Diffuser-type centrifugal pump casing 


\ 

* 

as the volute's radius increases. The radial clearance be- 
tween the outside diameter of the impeller and the volute's 
tongue should be small to limit the amount of liquid recir- 
culated around the volute; however, if the gap is too small 
excessive pressure pulsations, turbulence, and noise can 
result [2,4,7]. This gap or cutwater clearance is frequently 
sized to optimize pump performance with the range of 
impeller diameters that may be used in the casing. To 
reduce hydraulic shock and separation losses, the angle 
used for the volute's tongue often matches the absolute 
fluid flow angle at the design capacity. 

In lieu of a spiral volute, some centrifugal pumps are 
furnished with a circular or concentric collector that has 
a constant radius and cross-sectional area around the pe- 
riphery of the impeller. Except when operating at shutoff 
(with a closed discharge valve and no through-flow), the 
velocity in this type of a collector increases as the flow 
channel progresses angularly from the tongue to the 
throat. A modified- or semi-concentric casing is a variation 
of the concentric design in which the radius and cross- 
sectional area of the collector remain constant over only 
a portion of the casing's circumference. 

Volute-type multistage pumps often have axially split 
casings, with the flow passages between successive 
stages, referred to as crossovers, being either integrally 
cast or welded onto the casing. Liquid collected in each 
interstage volute is frequently decelerated in the corres- 
ponding crossover before being directed to the eye of the 
impeller in the pump’s next stage. The pumped liquid is 
also usually decelerated in the casing's discharge nozzle, 
which forms the transition from the throat of the last- 
stage volute (this would be the only volute in a single- 
stage volute-type pump) to the pump's outlet port. 

• Multi-vaned diffusers. In multistage pumps where 
pressure recovery must be accomplished in the limited 
space between adjacent stages, multi-vaned diffusers are 
often used. This type of a pressure-recovery device, which 
is illustrated in Fig. 6, is also used in some single-stage 
radial-flow pumps due to its typically high peak efficiency. 
A multi-vaned diffuser consists of a number of diverging 
vanes mounted in a ring that surrounds the periphery of 
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Fig. 7 


Multistage barrel-type centrifugal boiler 
teed pump 
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the impeller. In diffuser-type multistage pumps, the flow 
channels from the discharge of one stage to the suction 
of the next are generally formed by a series of vanes 
located on the back side of each diffuser or included in 
the diaphragms, also referred to as stage pieces, that 
separate adjacent stages (see Fig, 7), With this configura- 
tion, the pump’s rotor, together with its stationary dif- 
fusers and stage pieces, can often be inserted into a radi- 
ally split casing as an assembled cartridge. Because of 
the casing's cylindrical shape, these units are frequently 
referred to as “barrel" pumps. 

Many axial-flow pumps are also fitted with a diffuser 
that is located downstream from the discharge of the 
propeller. The “axial diffuser" is used to not only convert 
the tangential velocity component of the absolute flow 
leaving the propeller into pressure head, but also to 
straighten this flow so that the pumped fluid is discharged 
from the casing in an axial direction. 

* Vaneless diffusers. When a wide range of operation 
is anticipated, a radial-flow centrifugal pump is sometimes 
fitted with a vaneless diffuser. The pressure recovery 
with this type of a casing occurs in an annular passage 
that surrounds the impeller. Neglecting friction, fluid 
passing through this channel, which can have a constant 
width or can flare outwards slightly, is assumed to follow 
free-vortex flow (i,e. ( Rc u — constant). For a vaneless 
diffuser with parallel walls, the reduction in fluid velocity 
will, therefore, be proportional to the increase in the ra- 
dius of the diffuser's flow channel, A volute-type collector 
is often attached to the outlet of a vaneless diffuser. 


Regardless of the configuration used, the casing is a 
pressure-containing boundary. Therefore, its thickness 
must be sufficient to withstand the pump's design pres- 
sure. In addition, structurally a pump's casing must be 
suitable to withstand not only hydrostatic pressures but 
also the hydraulic forces in its waterways, stresses that 
result from vessel motion, and nozzle loads imposed by 
the ship's piping. In some cases, external ribs may be 
added to the casing to increase its strength and rigidity. 

g. Impellers and wearing rings. The strength of the 
impeller's vanes and shrouds must be sufficient to with- 
stand hydraulic forces, which include reaction forces on 
the vanes that are equal in magnitude but opposite in 
direction to the forces that are transmitted to the liquid 
being pumped, together with the centrifugal loads that 
result from the impeller's rotation. 

To improve the pump's volumetric efficiency, when a 
closed-type single-suction impeller is used, leakage along 
the outside of the front shroud back to suction is generally 
reduced by maintaining a close clearance between the 
impeller's outer hub (the outer portion of the shroud adja- 
cent to the impeller’s eye) and the casing. With a double- 
suction closed impeller, a close clearance is maintained at 
both outer hubs. So that this clearance can be periodically 
renewed, adjacent casing surfaces are typically fitted 
with replaceable wearing rings. A stationary wearing ring 
can also be mounted behind the rear shroud of a single- 
suction impeller to reduce the hydraulic axial unbalance. 
In addition to the stationary rings, rotating wearing rings 
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may be installed over the impeller’s outer hubs. The leak- 
age through the annulus formed between the easing wear- 
ing ring and the impeller's outer hub or wearing ring is a 
function of the length of the overlap between these two 
surfaces, their configuration, the differential pressure 
across them, and the radial clearance between them. To 
reduce leakage, serrations or circular grooves are some- 
times added to the inside surface of the casing ring or the 
outside diameter of the mating impeller hub or ring. In 
addition, intermeshing labyrinth-type wearing rings may 
be used, Serrations and grooves can also reduce the poten- 
tial for damage due to either an occasional, inadvertent 
rub occurring during operation or the presence of foreign 
particles in the pumped liquid. 

When a centrifugal pump is fitted with an open or a 
semiopen single-suction impeller, wearing rings are not 
required on the suction side of the impeller. However, 
to reduce the leakage or slippage of liquid across the 
impeller's vanes, a close axial clearance must be main- 
tained between the unshrouded edges of the impeller’s 
rotating vanes and the inner walls of the casing. So that 
this clearance can be periodically renewed, casings used 
with open impellers are often fitted with replaceable inter- 
nal wear plates. 

In multistage pumps a leakage path can exist between 
adjacent stages. To control interstage leakage, which re- 
duces the volumetric efficiency, a close radial clearance 
is typically maintained between the shaft and areas of the 
casing, diffusers, or stage pieces that separate the pump s 
stages. Replaceable stationary bushings are frequently 
used to enable the running clearances to be periodically 
renewed. 

h. Loads applied to a centrifugal pump’s rotating 
assembly. 

Radial reaction. The volute of a centrifugal pump is 
often designed so that the hydraulic pressure around the 
periphery of the impeller is nearly uniform at a flow rate 
close to the pump’s best efficiency point. However, as the 
flow rate is reduced, the nonuniformity of the pressures 
and velocities within the volute results in a radial load on 
the impeller that rises to a maximum value at shutoff. 
The radial load on the impeller also increases at capacities 
exceeding the pump’s best efficiency flow rate. In addi- 
tion, the changes in the magnitude of this force with flow 
rate are accompanied by changes in the direction in which 
it is applied. This load, which is called "radial reaction,” 
results in increased shaft deflections and bearing loads. 

To reduce the radial reaction, double-volute casings are 
sometimes used. With a double-volute design, the casing 
has two volutes with cutwaters that are located approxi- 
mately 180 deg apart (see Fig. 8). The flow around the 
impeller is, therefore, divided, resulting in two radial 
forces that are very close in magnitude but opposite in 
direction. Consequently, the net radial reaction during 
operation off the best efficiency point is greatly reduced 
from the radial reaction in a single-volute pump. A similar 
effect is often obtained in multistage volute casings by 
arranging the angular orientation of adjacent stages so 
that the net radial load is minimized. The use of concentric 
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and modified concentric casings, and of multi-vaned dif- 
fusers, has also been found to reduce radial reactions 
during off-design operation when compared to the loads 
measured with single-volute casings [8,9]. The radial reac- 
tion typically increases with the diameter and width of the 
impeller, the total head developed, and the specific gravity 
of the pumped fluid [8], 

Impeller hydraulic axial unbalance . When a centrifu- 
gal pump with a double-suction impeller is used, the hy- 
draulic axial load is theoretically zero. Although a net 
unbalance can exist due to differences in the flow to each 
side of the impeller, it is generally negligible. When a 
single-suction impeller is used, however, there can be a 
significant net axial thrust. For a closed radial-flow impel- 
ler, this thrust results from the difference in the pressure 
of the liquid acting on each side of the impeller s back 
shroud adjacent to the inlet or eye (see Fig. 9), While the 
liquid acting on the inside of this section of the shroud is 
essentially at the suction pressure, the outside of the 
shroud is exposed to liquid that has already been dis- 
charged from the impeller* Due to the absence of a front 
shroud, the pressure applied to the outside of the entire 
rear shroud of a semiopen impeller is only partially bal- 
anced by the pressure inside the impeller* Consequently, 
the resulting hydraulic axial unbalance can be greater 
than with a closed impeller. 

As shown in Fig. 9, the pressure acting on the outside of 
a rotating impellers shroud is not constant, but actually 
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10 Impeller with balancing hold and a back wearing ring 


decreases at smaller radii. This reduction in pressure is 
due to the rotation of the liquid located between the 
shroud and the casing's side wall, and the resulting con- 
version of a portion of the liquid's pressure head to veloc- 
ity head. In some pumps, external vanes or ribs are added 
to the impeller's back shroud to increase the velocity at 
which the liquid behind the shroud rotates, which reduces 
the liquid's pressure and the axial thrust acting towards 
the suction. Conversely, stationary radial vanes are some- 
times added to the casing adjacent to the impeller’s back 
shroud to reduce the velocity of the fluid behind the impel- 
ler and to increase the thrust towards the suction. An 
additional method used to reduce hydraulic axial thrust is 
to drill multiple axial ‘'balancing holes*' in the impeller’s 
back shroud and to install a back wearing ring (see Fig. 
10). This arrangement results in a reduced outer pressure 
in the center portion of the back shroud and, therefore, in 
a lower differentia] pressure over the unbalanced area 

m 

To reduce the hydraulic axial thrust in a multistage 
pump, single-suction impellers are sometimes mounted on 
the shaft so that approximately one half of the impellers 
face in opposite directions (see Fig* II). In lieu of an oppos- 
ed-impeller arrangement, the impellers in a multistage 
pump can be mounted with their inlets facing in the same 
direction, and the axial thrust can be reduced in each stage 
individually with back wearing rings and axial balancing 
holes. Alternatively, the hydraulic axial thrust acting on 
the entire rotating assembly can be reduced with a balanc- 
ing drum, a balancing disk, or a combination of these two 
devices* 

A balancing drum is composed of a drum that rotates 
within a close-clearance stationary sleeve [see Fig* 12(a)]. 
By locating the drum behind the last-stage impeller, its 
inner face is subjected to full discharge pressure less the 
pressure recovery in the last stage. The pressure of the 
liquid acting on the opposite face of the drum is reduced 
by the breakdown that occurs when this liquid passes 
through the close-clearance annulus formed by the drum 
and its sleeve; therefore, the net axial thrust acting on 
the drum will be opposite in direction to the thrust acting 
on the impellers. Because the axial forces cannot be fully 


balanced at all capacities, in practice balancing drums are 
generally sized to give only 90% to 95% axial balance* This 
helps insure that the residual axial thrust always acts in 
the same direction, which prevents thrust reversals. 

A balancing disk is similar to a balancing drum, except 
that in lieu of containing a close-clearance annulus, the 
pressure breakdown across this device is accomplished 
through a small axial gap maintained between the rotat- 
ing disk and the stationary disk head [see Fig* 12(6}]. An 
advantage of the balancing disk is its ability to be self- 
adjusting to compensate for wear in the mating surfaces 
of the disk or the head and in response to changes in the 
pump's axial thrust The net thrust applied to the disk 
results from the difference between the liquid pressure 
acting on its front face and the pressure in the balancing 
chamber. The pressure acting on the inner portion of the 
balancing disk's front face is essentially equal to the 
pump’s discharge pressure less the last-stage recovery, 
while the pressure acting on the portion of this face that 
is adjacent to the stationary balancing head varies from 
the discharge pressure at the head's inside diameter to 
the balancing chamber pressure at the disk’s periphery. 
The balancing disk's various diameters are sized so that 
the axial thrust applied to it during normal operation will 
be equal in magnitude, but opposite in direction, to the 
axial thrust acting on the impellers. If the axial thrust on 
the impellers exceeds the opposing thrust, the axial gap 
between the balancing disk and the stationary head will 
be reduced, increasing the pressure breakdown across the 
device. This results in a reduced liquid pressure in the 
balancing chamber, which increases the opposing axial 
thrust on the disk and restores the rotor's axial balance* A 
reduction in impeller thrust or an increase in the balancing 
disk’s axial gap due to wear will have the opposite effect* 
An orifice is generally Installed in the recirculation port 
that connects the balancing chamber to the pump's suc- 
tion so that the balancing chamber pressure will exceed 
the pump's suction pressure when the axial gap between 
the disk and the head is at its maximum value, which is 
necessary for the proper operation of the balancing disk* 

The axial thrust applied to an axial-flow propeller, 
which has no shrouds, results from the differences in the 
pressure of the fluid acting on the front and back faces 
of its vanes, together with the differential pressure across 
the opposite ends of its inner hub. 

Shaft axial unbalance * In pumps with an overhung 
impeller, liquid entering the impeller acts against the sub- 
merged end of the shaft. When this liquid is not at atmo- 
spheric pressure, a piston effect is created that imposes 
an axial load on the pump's rotor. This load is equal to the 
gage pressure of the liquid acting against the submerged 
end of the shaft multiplied by the shaft’s cross-sectional 
area* 

Change in momentum. As liquid is pumped through a 
radial-flow impeller, its travel path is redirected from an 
axial to a radial direction. When a single-suction impeller 
is used, the change in the momentum of the liquid due to 
the reduction in the axial component of the liquid's veloc- 
ity results in the generation of an axial thrust away from 
the suction. This axial thrust will also be generated, to a 
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Fig. 12 Balancing devices 


lesser extent, in a mixed-flow pump depending on the 
amount of radial flow in the liquid being discharged from 
the impeller. The axial thrust due to this change in the 
liquid’s direction of travel in radial- and mixed-flow impel- 
lers can be calculated as follows: 

*Vu ' < 28) 

ffc 

where 

f — axial thrust due to change in momentum, Ibf 
c2 = axial component of absolute velocity in impel- 
ler's eye, fps _ . 

Ca2 = axial component of absolute velocity at impel- 
ler's discharge, fps 


L Bearings. The net axial and radial loads applied 
to the pump's rotating assembly are transmitted to the 
bearings that support its shaft. The pump s thrust bear- 
ing” absorbs loads that are applied in the axial direction. 
So that the pump’s shaft is free to expand and contract in 
response to changes in axial load or temperature, it should 
be constrained axially at only one location, A pump shaft 
that is rigidly coupled to the shaft of its driver, therefore, 
is generally not fitted with a separate thrust hearing but 
is, instead," supported axially by the thrust bearing in the 
driver. The remaining pump bearings, which are typically 
configured so that they absorb only radial loads, are fre- 
quently referred to as “line bearings.” 

In a "single-stage pump with an impeller centered on the 
rotor, a hearing is typically installed at each end of the 
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10 LINE BEARING 
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12 PUMP BASE 
|3 MOTOR BRACKET 
14 COUPLING 

Fig. 13 Vertical tingle- stage, double -suet ion centrifugal pump with an axi- 
ally split casing 

shaft This configuration, which is shown in Fig. 13, is 
sometimes referred to as a “between bearings'’ design. 
When an overhung impeller arrangement is used, the 
shaft is supported by bearings that are located behind the 
impeller. As shown in Fig. 14, in some of these units 
the pump's rotating parts are mounted directly onto an 
extension of the driver's shaft, which is referred to as a 
“close-coupled” design. With a close-coupled configura- 
tion, radial and axial loads developed within the pump 
are frequently absorbed by the bearings installed in the 
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driver; however, if radial loads are high or the shaft exten- 
sion is long, the pump may be fitted with additional inter- 
nal radial bearings to reduce shaft deflection. Internal 
radial bearings are also frequently installed in multistage 
pumps. 

The type of bearing used in any specific application 
depends on the magnitude and orientation of applied 
loads, the operating environment, the range of operating 
temperatures and speeds, and the method of lubrication. 
Single-row deep-groove ball bearings are installed in 
many centrifugal pumps. Because this type of an antifric- 
tion bearing is able to absorb radial loads combined with 
moderate axial thrust, it can often be used as either a line 
bearing or a combined line and thrust bearing. When an 
increased load -carrying capability is needed, it is some- 
times necessary to use a double-row deep-groove ball 
bearing. In addition, double-row self-aligning ball bear- 
ings, multiple* row angular-contact ball bearings, and vari- 
ous types of roller bearings can also be used. 

Antifriction bearings are frequently lubricated with 
grease. This is generally satisfactory, provided that the 
grease is of the proper type and has the proper tempera- 
ture rating, and that the dn value [bearing bore (mm) X 
speed (rpm)] does not exceed 200,000 [10]. In addition, this 
type of lubrication is often preferred because grease is 
not affected by vessel motion, is generally easier to con- 
tain than oil, and is superior to oil at keeping contaminants 
away from the bearing. The bearing housing is typically 
fitted with inlet and outlet ports that are used for the 
addition and the removal of grease during relubrication. 
So that grease will be retained in the housing and to 
protect the bearing from contaminants, stationary seals 
are generally installed at openings provided for the 
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pump's shaft. In addition, one or both ends of a ball bear- 
ing can be fitted with shields, which help keep grease in 
the bearing and contaminants out. To provide additional 
protection for the bearing, a slinger or flinger is fre- 
quently mounted on the pump's shaft externa) to the hous- 
ing, This rotating part acts to prevent dirt and moisture 
that may be traveling along the shaft from reaching the 
bearing housing. When high-temperature liquids are to 
be pumped, the use of special bearings with increased 
running clearances or jacketed liquid-cooled bearing hous- 
ings is sometimes required. 

In some cases, the use of fluid-film bearings, which 
include tilting-pad or pivoting-shoe thrust bearings and 
cylindrical journal or sleeve-type line bearings, is neces- 
sary due to operating conditions, such as high speeds, 
temperatures, or loads for which antifriction bearings are 
not suitable. Tilting-pad bearings and sleeve bearings that 
are external to the casing are frequently lubricated with 
oil Sleeve bearings installed inside the casing, however, 
are generally submerged in and lubricated by the pumped 
liquid, 

j. Shaft design. In addition to being sufficiently 
strong to withstand applied forces and moments, a pump 
shaft must be stiff enough to prevent its axial and radial 
deflections during operation from resulting in contact be- 
tween the pump's rotating and stationary components. 
The shaft should also be designed so that natural frequen- 
cies of the pump's rotating assembly are a sufficient dis- 
tance away from forcing frequencies, such as the op- 
erating speed. In general, the lowest frequency of interest 
is the rotor's first bending natural frequency, which is 
also often referred to as the pump's first critical speed. A 
pump that operates below its first critical speed is fre- 
quently classified as a “stiff-shaft" unit, while a pump 
that operates above the first critical speed is sometimes 
called a “flexible-shaft" unit. 

A pump's critical speed can typically be increased and 
the radial deflection of the pump's shaft can be reduced 
by reducing the shaft's bearing span, or its unsupported 
length if an overhung design is used, by increasing the 
shaft's diameter, by reducing the weight of the rotating 
assembly, or by using a shaft material with a higher mod- 
ulus of elasticity. The critical speed can also be affected 
by the “Lomakin effect." This refers to the stiffness and 
damping generated in close-clearance annular seals, such 
as wearing rings, bushings, and internal balancing drums, 
resulting from a hydrodynamic fluid film effect similar to 
that produced in journal bearings and a hydrostatic effect 
due to variations in the rate of fluid leakage around the 
circumference of the annulus when the rotor moves off 
center [11]. However, the increase in a pump's critical 
speed due to the Lomakin effect will be reduced %s the 
clearances in annular seals increase with time due to wear; 
therefore, relying on this effect to prevent potential vibra- 
tion problems should be done with caution. 

k. Packing and mechanical seals. The openings 
provided to enable the shaft to pass through the casing 
must be sealed to reduce or, in some cases, prevent the 
leakage of the liquid being pumped. The shaft seal is 
sometimes formed by multiple rings of packing that are 


inserted into a stuffing box. The mating portion of the 
shaft that passes through the stuffing box is usually pro- 
tected against wear by a sleeve that is either hardened or 
faced with a wear-resistant coating. To limit the tempera- 
ture increase from friction between the rotating sleeve 
and the stationary packing, a certain amount of leakage 
must typically be maintained through the stuffing box 
to cool and lubricate the packing. The leakage rate is 
controlled by adjusting the axial position of the gland that 
holds the packing in place. 

If the pressure of the liquid at the base of the stuffing 
box is below atmospheric pressure, air can be drawn into 
the pump. In addition to resulting in a loss of lubrication 
to the packing, air entering the casing through the stuff- 
ing box can have a detrimental effect on pump perform- 
ance. Whenever it is possible for the base of the stuffing 
box to be under a vacuum, high-pressure liquid is often 
injected, into the stuffing box through a lantern ring or 
seal ca£e that is sandwiched between two of the interme- 
diate rings of packing. Pumps furnished for applications 
involving contaminated fluids may also be fitted with a 
lantern ring so that clean liquid can be injected into the 
stuffing box to flush contaminants away from the pack- 
ing. When it is impractical to provide clean high-pressure 
liquid to the stuffing box, grease is sometimes injected 
through the lantern-ring connection. 

To reduce shaft sleeve wear and the continuous leakage 
that must be tolerated with packing, many pumps are 
fitted with mechanical end-face seals in lieu of packed 
stuffing boxes (see Fig. 15). The primary sealing surfaces 
in a mechanical seal are the polished faces of one station- 
ary ring and one rotating ring that are separated by a thin 
film of fluid. One of these mating faces is frequently a 
hard material, such as aluminum oxide or tungsten car- 
bide, while the second is a softer material with some inher- 
ent self-lubricity, such as carbon. Two secondary seals 
prevent leakage from occurring between the rotating ring 
and the shaft, and between the stationary ring and the 
gland. In many seals, the rotating ring is flexibly mounted 
on the pump's shaft with springs or with either a metallic 
or an elastomeric bellows. This arrangement enables the 
face of the rotating seal ring to remain parallel to that of 
the stationary mating ring with limited radial or axial 
shaft movement, and permits the axial position of the 
rotating ring to be self-adjusting to account for minor 
wear of the two mating surfaces. Although it is not as 
common, in some mechanical seals it is the stationary ring 
that is flexibly mounted. 

Mechanical seals are frequently cooled and lubricated 
by a portion of the pumped liquid that is recirculated 
through either an internal port or an external line connect- 
ing the discharge side of the casing to the seal area. 
Pumped liquid that contains a limited amount of abrasive 
particles often passes through a cyclone-type abrasive 
separator prior to being injected into the seal area. When 
the pumped liquid cannot be adequately cleaned, the me- 
chanical seal may be flushed with high-pressure liquid 
supplied from an independent source or, in some cases, a 
double hard-face mechanical seal may be used. In this 
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Fig. 15 Mechanical shaft seal (with auxiliary stuffing box) 


type of a mechanical seal, both the rotating and the sta- 
tionary seal faces are made from an abrasion-resistant 
material, such as tungsten or silicon carbide. 

The mechanical seals used in many critical applications 
are furnished with a gland that has a built-in auxiliary 
stuffing box (see Fig. 15). In the event of a mechanical 
seal failure, two or more rings of packing can be installed 
in this stuffing box to enable pump operation to continue 
until the mechanical seal can be replaced. However, be- 
cause the auxiliary packing would receive no lubrication 
when the mechanical seal is functioning properly, it is 
important that this packing be installed only after a me- 
chanical seal failure has occurred, 

The actual replacement of a leaking mechanical seal can 
be time consuming if a partial disassembly of the pump 
is required to permit both the seal being replaced and the 
new seal to pass over the end of the shaft One way to 
eliminate the need for this is to use a split mechanical 
seal. By splitting the mechanical seal's sealing elements 
into halves, they can be replaced without removing other 
parts of the pump. 

When high -temperature fluids are pumped, packing and 
mechanical seals are often cooled by circulating liquid 
through a jacket that surrounds the pump's sealing area. 

When zero leakage must be achieved, the use of a seal- 
less pump is often required. In a canned motor pump, an 
end-suction impeller is mounted directly on the shaft of 


the driving motor. However, unlike a conventional close- 
coupled pump, the pump and motor in this sealless unit 
form a single hermetically sealed assembly. A portion of 
the liquid being discharged from the impeller is circulated 
through the motor for cooling and to provide lubrication 
for the unit's bearings. In a magnetically coupled pump, * 
torque is transmitted from the driver to the pump's shaft 
through a magnetic coupling. Because the two halves of 
the coupling are not in physical contact, the need to pro- 
vide an opening for the shaft in the pump's casing, to- 
gether with the need for a shaft seal, is eliminated. 

I. Couplings. In all but close-coupled pumps, the 
torque developed by the driver is transmitted to the 
pump's shaft through a coupling. Flexible couplings per- 
mit some relative movement between the driven and the 
driving shafts. Included among the various types of flexi- 
ble couplings used are the following: 

* Gear couplings, which have hubs with external gear 
teeth that mesh with a sleeve containing a mating set of 
internal gear teeth, (A gear coupling with teeth on both 
hubs is a flex-flex type. If gear teeth are on only one hub 
and the opposite hub is flanged, the coupling is a flex- 
rigid type.) 

* Slider-type couplings, which have two metal hubs 
with jaw-like flanges that are connected with a floating 
center member, referred to as the spider. The spider is 
often made from an elastomer, 

* Disk couplings, which have several thin metallic 
rings that are alternately bolted near their outer diameter 
to the driven and the driving hubs. 

* Diaphragm couplings, which have one or more me- 
tallic membranes that are typically bolted near their outer 
diameter to the driving hub and near their inner diameter 
to the driven hub. 

* Elastomer-type couplings, which have two metal 
hubs that are joined by an elastomeric material located 
between them. 

* Spring-grid couplings, which have two metal hubs 
that are joined by a flexible steel grid. The grid fits into 
slots that are located around the periphery of each hub. 

* Pin-and-bushing couplings, which have one flanged 
hub with axial pins and a second with a mating set of 
holes that are fitted with bushings. The two hubs are 
joined by inserting the pins into the bushings, 

If the thrust bearing in the driver is used to support the 
pump's shaft axially, a rigid type of coupling should be 
used. For the pump's rotating assembly to be properly 
centered within its casing, precision alignment between 
the two halves of a rigid coupling is critical 

Although flexible couplings can often compensate for 
slight changes in the pump-todriver alignment that occur 
during normal operation, they are not intended to correct 
for excessive amounts of continuous misalignment. In ad- 
dition to the detrimental effects that misalignment can 
have on the coupling, it can also result in the transmission 
of axial loads and bending moments to the pump's shaft- 
ing and bearings, and can increase vibration. Therefore, 
even when a flexible coupling is used, the pump and driver 
should be accurately aligned prior to the initial start-up, 
and this alignment should be maintained. 
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Fig. 16 Typical effect of specific speed an centrifugal pump performance 

The gap between the ends of the pump and driver shafts 
is sometimes increased to permit a spacer to be installed 
between the driving and the driven halves of the coupling. 
The use of a “spacer-coupling" can often eliminate the 
need to open the pump’s casing or disturb the driver when 
maintenance is performed on the inboard bearing or seal 
m. Centrifugal pump performance characteristics. 
Representative performance curves showing normalized 
values of total head, pump efficiency, and brake horse- 
power plotted versus capacity for pumps with various 
values of specific speed are shown in Pig. 16. In general, 
the head-capacity curve becomes steeper as the specific 
speed increases. In addition, although the brake horse- 
power required to drive low specific speed pumps typically 
increases with capacity, for high specific speed units the 
reverse is usually true. 

The operating point for a centrifugal pump is deter- 
mined by the intersection of its head-capacity curve with 
the curve of total head versus capacity for the system in 


which it operates. A system head curve, which is illus- 
trated in Fig. 17, includes a static component and a dy- 
namic component. The static component results from the 
differences between both the liquid’s pressure and its 
elevation at the beginning and at the end of the system, 
and is constant with capacity. The dynamic component, 
which includes losses due to friction and turbulence in the 
system’s piping, valves, and fittings, as well as entrance 
and exit losses in the system, varies approximately with 
the capacity squared. 

The point of intersection between the pump's head-ca- 
pacity curve and the system head curve in Fig. 17 can be 
thought of as the point of equilibrium. If the pump at- 
tempts to force liquid through the system at a higher 
capacity, the total head developed by the pump will no 
longer be sufficient to overcome the system resistance, 
and operation will return to the equilibrium point. Con- 
versely, if the capacity being pumped drops, the system 
head requirement will be less than the head developed by 
the pump, and more liquid will be forced through the 
system until operation returns to the equilibrium point. 

As shown in Fig. 17, the point of intersection between 
the pump and system curves can be changed by varying 
the pump's operating speed, N, or by throttling the system 
discharge valve. The performance of an existing radial- 
or mixed-flow pump can also be altered by changing the 
impeller’s average outside diameter, d . The effects that 
changes in N and d have on the capacity delivered, Q t 
the total head developed, H, and the brake horsepower 
required, P F; can be estimated as follows: 

(29) 
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where subscripts 1 and 2 refer to equivalent operating 
conditions with the original outside diameter and speed, 
and with the new diameter and speed, respectively. The 
above equations do not include effects that changes in 
speed or impeller diameter have on pump efficiency. In 
addition, because effects due to changes that occur in 
vane angles, waterway lengths, and channel areas when 
an impeller's outside diameter is changed are not reflected 
in the above equations, they cannot be relied on to accu- 
rately predict performance variations resulting from 
large changes in impeller diameter. Furthermore, predic- 
tions calculated with these equations generally underesti- 
mate actual performance variations resulting from impel- 
ler diameter changes in mixed-flow pumps [2,3]. 

Net positive suction head. The suction condition for a 
centrifugal pump is often expressed in terms of net posi- 
tive suction head (NPSH). NPSH is the amount by which 
the total suction pressure of the pumped liquid exceeds its 
true vapor pressure at the pumping temperature. When 
referring to NPSH, it is necessary to differentiate be- 
tween the amount available to the pump, and the amount 
required by the pump. 

The NPSH available, which is a function of the system 
design on the suction side of the pump and the liquid being 
pumped, can be calculated using the following 

nps HA - m 

where 

NPSHA — net positive suction head available, ft 

p u ~ atmospheric pressure (at suction pressure 
gage), psia 

p v = true vapor pressure of liquid entering 
pump, psia 


p Sf V st H fss sg f and Z s are as defined for equations (1) and 

( 2 ). 

Although the NPSH required can be affected by the 
characteristics of the liquid being pumped, it is primarily 
a function of the pump design and can be thought of as a 
measure of the loss in the liquid's head as it travels from 
the pump-suction flange to the inlet of the first-stage 
impeller. Unlike NPSHA, which is calculated, values of 
required NPSH are determined by test A method com- 
monly used to perform this type of a test is to gradually 
reduce the NPSH available to the pump during operation 
at a constant capacity until a specified reduction, usually 
3%, is measured in total head. The NPSH available at this 
point is considered the minimum NPSH required by the 
pump at the test capacity. This test is repeated at various 
capacities. The reduction in total head that is measured is 
caused by the gasification of the liquid being pumped, 
which occurs when the local pressure drops below the 
liquid's true vapor pressure. The vapor bubbles formed 
interfere with the normal flow of liquid through the pump. 
In addition, as these bubbles travel into higher-pressure 
regions of the impeller, they collapse and release their 


energy of vaporization. This collapse is often violent and 
can generate very high local pressures. If the reduction 
in NPSH available continues, the vapor bubbles will even- 
tually fill the eye of the impeller and the total head devel- 
oped by the pump will drop sharply. The formation to- 
gether with the subsequent collapse of vapor bubbles, 
which is referred to as cavitation, has a detrimental effect 
on not only the total head developed by the pump but also 
on its efficiency. The resulting uneven flow through the 
impeller, combined with the impingement against the im- 
peller's waterway boundaries of the liquid that rushes in 
to fill the voids created by the collapsing vapor bubbles, 
can increase noise and vibration and can cause severe 
pitting of the impeller. 

The NPSH required by any specific pump is affected 
by many factors, but its value can sometimes be predicted 
using the following simplified relationship, which is based 
on the absolute and relative velocities of the liquid enter- 
ing the impeller, c ± and w lr respectively 


NPSHR = + 

2p 


w x 2 

2 g 


(33) 


where 


NPSHR = net positive suction head required, ft 
K i = shroud coefficient 
K 2 = vane coefficient 

K { and K 2r which are derived empirically, vary with both 
capacity and operating speed. Based on testing performed 
with centrifugal pumps fitted with Francis-type impellers, 
some typical values found for coefficients and K 2 when 
operating at the shockless capacity, or the capacity at 
which incidence (the difference between the vane angle 
and the relative flow angle) at the inlet to the impeller is 
equal to zero, were ~ 1,40 and K 2 — 0,085 for a com- 
plete breakdown in the total head developed, and K Y = 
1.57 and K 2 = 0,23 for a reduction in total head of 0.5% 

[ 13 ]. 

As shown in Fig, 18, a centrifugal pump's NPSH re- 
quirement based on a 3% reduction in total head, 
NPSHR : ^, generally increases as the capacity being deliv- 
ered increases. Within the operating range from 100 to 
150% of the best efficiency point, the effect that an in* 
crease in capacity will have on NPSHR 3 ^ can sometimes 
be estimated by using the approximation that NPSHR^ 
in this performance region varies in proportion to the ratio 
of the capacity increase squared [14]. Although a 3% drop 
in total head is generally used as the criterion to establish 
minimum NPSH requirements, in critical applications re- 
ductions in total head of as little as 1% are sometimes 
used to establish values of NPSHR. In addition, the NPSH 
required to prevent incipient cavitation. NPSH,, which is 
the point at which the first cavitation bubble initially be- 
gins to form, can be many times greater than the corre- 
sponding value of NPSHR^. A typical curve of NPSH i( 
which is shown in Fig. IS, reaches a minimum value at 
the shockless capacity and peaks at the capacity at which 
suction recirculation begins [16], 

The suction capability of a centrifugal pump is often 
classified by the suction specific speed, S f as follows: 
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CAPACITY/ CAPACITY shockless 
fig, IS Net positive suction head versus copocity lor a centrifugal pump 


NQ W2 

S = — (34) 

(NPSHRg*) 3 ' 4 

As with the calculation of N s [see equation (3)], Nm speed 
in rpm and Q is capacity in gpm* In addition, NPSHR 3% is 
in feet of liquid* When 5 is used to classify the suction 
capability of a specific design, it is generally based on the 
capacity delivered and the NPSH required with a full- 
diameter impeller operating at the best efficiency point 
[14]. In addition, because S is an index of the impeller's 
suction performance, for double-suction impellers the 
value of Q used in equation (34) should be only one half 
of the pump's actual capacity. To reduce the potential for 
problems caused by cavitation or suction recirculation, it 
is sometimes recommended that the maximum operating 
speed for standard pump designs be based on limiting 
S to 8500 [1]. However, in some applications for which 
standard impeller designs are not suitable, special low- 
NPSHR first-stage impellers with 5 values exceeding 
8500 are used. The capacity range of these high suction 
specific speed impellers is often reduced due to suction 
recirculation. 

Reductions in the pump's NPSH requirements may be 
achieved by installing an inducer in the inlet of the first- 
stage impeller* As shown in Fig. 19, an inducer is essen- 
tially an axial-flow impeller fitted with helically shaped 
vanes that are swept back from the hub to their outer 
periphery. Because the diameter of these vanes increases 
as the axial distance to the impeller's eye is reduced, hy- 
draulic shock and entrance losses are distributed <fver a 
much broader area than in a conventional impeller. As a 
result of this larger area and due to the low number of 
vanes, blockage from cavitation that may occur within the 
inducer is reduced [16]. The inducer also acts as a booster 
stage and raises the pressure of the liquid being pumped, 
which lessens the potential for cavitation in the main im- 
peller, During operation at the best efficiency point, the 



i 

Fig. 19 Centrifugal pump with an Inducer (Courtesy Dresser Pump Division) 



(a) Suction recirculation [b\ Discharge recirculation 

Fig. 20 Internal flow recirculation 


use of an inducer can sometimes reduce values of 
NPSHRg^ by up to 50%; however, inducers can also result 
in an increase in NPSHR 3% at capacities outside the region 
of improvement* 

An additional factor affecting suction performance is 
that centrifugal pumps handling hot water or certain hy- 
drocarbon liquids will often operate satisfactorily with 
less NPSH than the amount found to be required during 
testing with cold water [17], A chart for estimating the 
reduction in NPSHR 3% that can be tolerated when pump- 
ing some specific hydrocarbon liquids and high-tempera- 
ture water is included in reference 1* However, this infor- 
mation is based on test data from pumps handling pure 
liquids; therefore, it is not recommended for use with 
pumps that will handle liquids containing entrained or 
dissolved non condensable gases* 

Suction and discharge recirculation. Suction recircu- 
lation, which is illustrated in Fig. 20(a), refers to the flow 
reversals that occur at low capacities within the eye of a 
centrifugal pump impeller* The interaction of the rotating 
annulus of liquid being recirculated out of the impeller's 
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eye with the liquid entering the impeller through the cen- 
ter of the annulus results in the formation of high-velocity 
vortices. Although suction recirculation occurs in all cen- 
trifugal pumps, the capacity at which it begins generally 
gets closer to the best efficiency point with increasing 
values of suction specific speed and larger impeller-eye 
diameters. Suction recirculation can cause erosion of the 
vanes near the inlet to the impeller and of the casing's 
suction area due to cavitation in the low-pressure cores of 
the recirculation vortices; it can also cause increased noise 
and vibration, and flow surges in the suction of the pump 
[181- 

In addition to suction recirculation, at low capacities 
discharge recirculation, shown in Fig, 20(6), occurs at the 
discharge tips of the impeller's vanes* The capacity at 
which this form of recirculation begins usually gets closer 
to the best efficiency point as the peak hydraulic effi- 
ciency and the ratio of the head developed divided by the 
peripheral speed at the discharge of the impeller increase 
[19]- Discharge recirculation results in the formation of 
high velocity-vortices due to the interaction of the liquid 
being discharged from the impeller with the liquid being 
returned to it Detrimental effects from discharge recircu- 
lation can include erosion of the vanes and shrouds near 
the discharge of the impeller and of the casing's volute 
tongue or diffuser vanes tips due to cavitation, and in- 
creased vibration due to axial unbalance. 

The effects of internal flow recirculation are generally 
more severe in high-energy applications and should be 
considered when the minimum recommended capacity for 
a centrifugal pump is established* Equations that can be 
used to estimate the capacities at which suction and dis- 
charge recirculation will begin are included in reference 
18. In addition, empirically derived criteria for predicting 
the severity of the effects of recirculation in specific de- 
signs are presented in reference 20. 

Priming and gas entrainment A centrifugal pump 
cannot pump a gas; therefore, the differential pressure 
necessary for flow will not be created if the impeller is 
full of air or vapor. Consequently, prior to start-up, a 
pump's casing should be filled with liquid and vented of 
all gases. In applications where the pump must operate 
with a suction lift, a vacuum must initially be created to 
draw the liquid from its source into the eye of the impeller. 
Methods used for priming a centrifugal pump include the 
following: 

* The pump can be connected through vents to a cen- 
tral priming system. This type of a system is fitted with 
either vacuum pumps or air ejectors, and is generally used 
to prime multiple pumps on the vessel. 

* The pump can be fitted with an integral or indepen- 
dent vacuum pump* 

* A special centrifugal pump that is designed to be 
self-priming, such as the one shown in Fig. 21, can be 
used. This type of a pump is typically fitted with a suction 
chamber that retains liquid when the unit is not operating. 
Once started, this liquid, together with any air that may 
be mixed with it, is pumped through the impeller, and 
enters a second chamber installed at the pump's dis- 
charge. While the air contained in the fluid is vented 
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Pig. 21 Self-priming centrifugal pump 


through the top of the discharge chamber, the liquid is 
returned to the casing through either an internal or an 
external port* As this liquid reenters the impeller, it mixes 
with a portion of the air that has been drawn into the 
evacuated suction chamber, and the priming cycle is re- 
peated. Each time the stored liquid is recirculated through 
the pump, an additional amount of air is removed from 
the suction line. Because of the limited air-handling capa- 
bility of many self-priming centrifugal pumps, their use 
is generally not recommended when Large volumes of air 
or other gases must be removed from the suction piping* 

* A foot or check valve may be used to retain liquid 
within the suction line when the pump is shut down. How- 
ever, liquid can leak past the valve while the pump is 
not operating. In addition, the valve increases the suction 
line's friction losses and reduces the NPSH A. 

In addition to priming considerations, if air or other 
noncondensable gases are entrained in the liquid being 
pumped, there will be a reduction in the pressure devel- 
oped by the pump that exceeds the reduction attributable 
to the decrease in the average density of the fluid due to 
the presence of a gas [21]* With high flow rates and low r 
gas volumes, some of the bubbles entering the pump are 
carried through the impeller by the liquid flowing past 
them. However, as either the capacity is reduced or the 
gas volume is increased, a point will be reached where the 
liquid entering the pump can no longer clear the impeller 
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Fig. 22 Effect of viscosity on centrifugal pump performance 


eye of bubbles, and the flow through the pump will stop. 
Standard centrifugal pumps usually become “gas-hound 
when handling fluids with a gas content of 5 to 8% by 
volume. The effect that gas has on pump performance 
becomes more detrimental at capacities above and below 
the best efficiency point. 

Fluid viscosity. The viscosity or resistance to flow of 
the liquid being pumped has a significant effect on the 
performance of any centrifugal pump. As shown in Fig. 
22, an increase in viscosity above that of water causes 
the total head developed, capacity delivered, and pump 
efficiency to be reduced. In addition, because the deterio- 
ration in efficiency is greater than the reductions in head 
and capacity, there is an increase in the power required 
to drive the pump. For pump performance with a viscous 
liquid to be evaluated, the liquid’s viscosity at the pumping 
temperature and the effect that shear rate has on this 
viscosity must be known. Reductions in capacity, total 
head, and efficiency can be estimated for radial-flow 
pumps that deliver viscous Newtonian liquids at capacities 
up to 10,000 gpm using correction charts included in refer- 
ence 1. In addition, an extended chart that permits viscos- 
ity performance corrections to be made for pumps deliv- 
ering capacities up to 100,000 gpm is included in reference 
22 . 

Overkeating. At low capacities the majority of the 
power required to drive a centrifugal pump is no longer 
converted into useful work, which is evidenced by the 
corresponding reduction in pump efficiency. The excess 
energy results in an increase in the temperature of the 
pump and the fluid passing through it. At shutoff no 
useful work is done and all of the energy added by the 
driver is available to heat the fluid trapped within the 
pump casing. 

The effects that an increase in temperature can have 
on the pump include a reduction of internal running clear- 
ances, overheating, possible failure of the bearings and 
seals, and, in extreme cases, the eventual seizure of the 


£ rotor. An increase in temperature can also lead to a haz- 
ardous situation when liquids with low flash and fire 
» points are being pumped. Equations that can be used to 
§ calculate the temperature rise of liquid passing through 
a centrifugal pump and the minimum flow rate required 
§ to limit the increase in the temperature of the liquid to a 
x specified value are given in reference 14. 
i Pump operation in series. A single pump is not always 

5 capable of developing the total head required during all 
of the system’s modes of operation. In addition, the speed 
required *to prevent cavitation is sometimes too low for 
one pump to develop sufficient head to overcome the sys- 
tem back pressure. In these situations, two or more pumps 
are often operated in series. With this arrangement the 
first pump can be run at a lower speed than the other 
units and used as a booster or inducer pump. Its discharge 
is then directed into the suction of the second pump, which 
due to tjie increased NPSHA can operate at a higher speed 
and develop a much greater total head than the first unit. 
If necessary, the discharge from the second unit can be 
directed to additional pumps. The total performance of 
two or more pumps operating in series can be determined 
by adding the total head developed by each unit at values 

of equal capacity. , 

Pump operation in parallel. In some applications, the 
capacity that must be delivered can, at times, exceed the 
capability of a single pump. When this is the case, two or 
more pumps in the system may be operated in parallel. 
The combined performance of pumps that operate in par- 
allel in a common system can be found by adding the 
capacity delivered by each unit individually at values of 
equal total head. If pumps operating in parallel have simi- 
lar performance characteristics, are running at the same 
speed, and have approximately the same suction pressure, 
they will each deliver approximately the same capacity. 
However, if one pump develops a higher head at a given 
capacity than the other units, it can force the lower dis- 
charge head pumps to deliver lower capacities. In addition, 
if the system curve intersects the combined pump per- 
formance curve at a point where the system head exceeds 
the maximum head developed by any of the pumps, the 
affected units will be forced to operate at shutoff. To 
prevent this, if the pumps used or their suction conditions 
are not similar, their relative speeds should be adjusted 
so that an adequate flow will be delivered by each unit. 

1.3 Regenerative Turbine Pumps. Regenerative tur- 
bine pumps are used in some marine applications that 
require a high total head to be developed at a relatively 
low capacity. This type of a pump, which is illustrated in 
Fig. 23, is fitted with a solid disk-shaped impeller con- 
taining multiple radial vanes around its periphery that 
rotates within a close-clearance casing. Liquid entering 
the. pump’s casing is divided evenly and admitted to each 
side of the impeller. As this liquid enters the rotating 
impeller’s vanes it is thrown outward radially, which in- 
creases its velocity head. After leaving the impeller the 
liquid’s velocity is gradually reduced in the casing, re- 
sulting in an increase in its pressure. Due to the annular 
shape of the casing’s passage, the liquid is then redirected 
back into the rotating impeller and the cycle is repeated. 
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Fig, 23 Regenerative turbine pump 


The recirculation into and out of the impeller continues 
until the liquid has traveled around the circumference of 
the circular casing, at which point it is discharged from 
the pump. These multiple recirculation cycles enable re- 
generative turbine pumps to develop their characteristi- 
cally high heads. The total head developed and the power 
required by a regenerative turbine pump typically reach 
their peak values at shutoff, and are both reduced as the 
capacity delivered increases. 

A close radial clearance stripper in the casing reduces 
the amount of liquid that can be recirculated from the 
discharge back to the suction and, therefore, improves the 
regenerative turbine pump's volumetric efficiency* Due 
to the stripper, a regenerative turbine pump is considered 
to be self-priming and can typically operate with relatively 
large amounts of entrained air or vapor, provided that the 
casing is initially filled with liquid at start-up. However, 
because of their small flow passages and close operating 
clearances, regenerative turbine pumps are not recom- 
mended for applications involving viscous liquids, or liq- 
uids that contain abrasives or other solids, 

A regenerative turbine pump's impeller is hydraulically 
balanced axially, and can either be centered on a shaft 
mat is mounted between bearings, or overhung on the 
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end of a cantilevered shaft that is supported by bearings 
located behind the impeller* Although the pump shaft is 
generally flexibly coupled to that of the driver, when fit* 
ted with an overhung impeller, these pumps can be fur- 
nished in a close-coupled configuration. Sealing of the 
casing in the area of shaft penetrations is accomplished 
with either packing or mechanical seals. So that internal 
running clearances can be renewed, the casing's sidewalls 
are often fitted with replaceable plates that surround the 
impeller* 

1.4 Vortical Turbine Pumps* A vertical turbine pump 
(VTP), which is shown in Fig* 24, is a centrifugal pump 
with impellers that are submerged within the liquid being 
pumped* The bowl assembly is located at the lower end of 
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the pump, and consists of the casings, referred to as 
bowls, and the impellers, which can be stacked vertically 
to form multiple stages. The number of stages used in the 
bowl assembly is based on the specific speed of each stage, 
and on the total head that must be developed by the pump. 
Joints between adjacent bowls are either threaded or 
flanged. A sleeve-type journal bearing is generally in- 
stalled in each bowl to support the impeller shaft. To 
permit internal running clearances to be renewed, each 
bowl is often fitted with a replaceable wearing ring adja- 
cent to the outer hub of the impeller. Impeller wearing 
rings are also sometimes used. The impellers can be held 
in place on the shaft with tapered lock collets or keys and 
snap rings. A suction bell or case installed at the bottom 
of the first-stage bowl serves as the inlet to the pump. 
Although some VTP’s are fitted with an overhung first- 
stage impeller, in many units the lower end of the shaft 
extends through the eye of the first-stage impeller and is 
supported by a bearing installed in the suction bell. If the 
liquid being pumped contains foreign particles, a strainer 
is sometimes mounted at the pump’s inlet. Pressure recov- 
ery in the VTP typically takes place in multi-vaned dif- 
fusers that are integrally cast in each bowl. 

The liquid discharged from the upper bowl travels to 
the discharge head through the column pipe. This pipe 
also encloses the line shaft that transmits the torque de- 
veloped by the driver to the impellers. When furnished 
with long "lengths of column pipe and line shafting, which 
can exceed 50 ft in some marine applications, VTP’s are 
also referred to as deepwell pumps. Support for the line 
shaft is provided by sleeve bearings installed in retainers, 
referred to as “spiders,” that are sandwiched between the 
mating ends of adjacent column sections. Although a VTP 
can be furnished with an enclosing tube that surrounds 
the line shaft and enables its bearings to be lubricated by 
oil supplied from an external source, the bearings in many 
pumps are lubricated by the pumped liquid. The individual 
sections of column pipe can be joined with threaded sleeve 
type couplings or flanged joints. In some pumps the bowl 
and column assemblies are connected through a special 
axially split spool piece. The use of this spool piece, to- 
gether with a quick-disconneet coupling between the 
lower line shaft and the impeller shaft, permits the re- 
moval of the bowl assembly to be accomplished without 
the need to disassemble the entire pump. Information on 
the determination of natural frequencies for VTP’s is in- 
cluded in reference 23. 

The discharge head serves as a 90-deg elbow to redirect 
the flow of the fluid leaving the vertical column pipe, 
and forms the link between the pump and the discharge 
piping. It also supports the column and bowl assemblies, 
and the pump’s driver or right-angle gear. The penetration 
for the pump’s shaft in the discharge head can be sealed 
with packing or mechanical seals. When packing is used 
it is often lubricated by the fluid being pumped or, in some 
cases, by grease that is injected into the stuffing box. 
When a 'mechanical seal is used it must have liquid circu- 
lating around it for cooling and lubrication. Various ar- 
rangements can be used to flush the mechanical seal with 


the pumped fluid or with liquid supplied from an external 
source. 

Because of the weight of the pump’s rotating assembly 
and the hydraulic unbalance that results from the single- 
suction design of vertical turbine pump impellers, the net 
axial load that must be supported by a VTP’s thrust bear- 
ing is usually directed downward. However, when the 
total head developed is low or the capacity is high, the net 
axial thrust may, at times, be directed upward. This is 
most likely to occur during start-up, after loss of suction, 
or during operation at very high flow rates. The upthrust 
results primarily from the change in the momentum of 
the fluid passing through the pump’s impellers and from 
the force exerted by fluid that may act against the bottom 
of the impeller shaft. Consequently, in addition to being 
rated for the maximum downthrust, the thrust bearing, 
which i$ typically a inultiple-row ball bearing, should also 
be rated for the maximum intermittent upthrust. Al- 
though’ it is not uncommon for the thrust bearing that 
supports the VTP’s shaft to be installed in the driver, 
when the driver is mounted vertically, or in the right- 
angle gear if a horizontal driver is used, the pump’s thrust 
bearing can also he mounted in a bracket that is integral 
with the discharge head. Due to the size and loading of 
the typical VTP’s thrust bearing, oil lubrication is often 
required. 

When a vertical driver or right-angle gear with a solid 
shaft is used, an above-deck coupling is required to con- 
nect the end of the driver or gear shaft to the end of the 
pump’s upper line-shaft section. This coupling must be of 
the rigid design if the pump's thrust bearing is located in 
the driver or gear. The rigid coupling, which is often used 
to adjust the height of the pump’s rotating assembly, 
should be suitable to not only transmit the required 
torque, but also to support the axial thrust that is applied 
to the VTP's rotating assembly. When a VTP has an inde- 
pendent thrust bearing, a flexible coupling is generally 
installed between the pump and the driver or right-angle 
gear. When a hollow shaft driver or right-angle gear is 
used, the pump’s shaft extends up through the center of 
the hollow shaft and is secured at the top of the driver or 
gear with an adjusting nut. 

Because of the design of a VTP’s diffusers and impel- 
lers, a VTP becomes an efficient hydraulic turbine when 
driven by the liquid that drains from its column after 
the pump is stopped. This reverse rotation can result in 
mechanical damage if the unit is restarted before the 
shaft stops turning in the reverse direction. To prevent 
reverse rotation, the vertical drivers and right-angle gears 
used with VTP’s are often fitted with nonreverse ratchets. 

A VTP is a centrifugal pump; therefore, its perform- 
ance characteristics are similar to those described in Sec- 
tion 1.2. When the VTP is a multistage unit, the amount 
of cavitation in the first stage necessary to produce a 3 7 ° 
reduction in the total head developed by the complete bowl 
assembly can be significant. Although this can also be 
true of other multistage centrifugal pumps, the modular 
construction of the VTP enables stages to be added to 
or removed from the bowl assembly, and permits NPSH 
testing to be performed using only the bowl assembly s 
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first stage. The head reduction measured during this type 
of a test is more representative of the cavitation that 
actually occurs in the first-stage impeller and, therefore, 
of the pump’s true suction capability. 

When a VTP is installed directly into the tank or sump 
from which it will receive liquid, no suction piping is re- 
quired or used. The calculation of the pump’s suction pres- 
sure and NPSHA, therefore, is based on the depth of the 
liquid in the tank or sump, together with the pressure 
that acts on the surface of the liquid. Even when there is 
adequate NPSH available to the pump, problems can still 
occur if the submergence of the suction bell is not suffi- 
cient to prevent a vortex from developing on the surface 
of the liquid and air or vapor is drawn through the core 
of the vortex and into the pump's inlet. The minimum 
submergence required to prevent the formation of vorti- 
ces is proportional to the square of the velocity at the inlet 
to the pump. 

If a VTP is to receive liquid from multiple sources, it 
will usually he installed within a separate suction tank, 
referred to as a suction can. The suction can is then con- 
nected through piping to the various locations from which 
the pump will take suction. Whenever suction piping is 
used, losses within it due to friction and turbulence should 
be considered when determining the suction pressure and 
NPSHA. The VTP must often be capable of evacuating 
the suction piping of gas and vapor; therefore, pumps 
installed in suction cans are frequently fitted with compo- 
nents that enable them to be self-priming. Like the recir- 
culation arrangement described previously for a self- 
priming centrifugal pump, the VTP priming systems usu- 
ally rely on the recirculation of liquid from the pump’s 
discharge back to suction. However, in lieu of continuous 
recirculation, the recirculation within a VTP is generally 
controlled by one or more automatic priming valves in- 
stalled on the pump. A description of a typical priming 
valve arrangement, together with criteria for sizing suc- 
tion cans used with seif-priming vertical turbine pumps, 
is included in reference 24. 

1.5 Other Types of Wet-Pit Pumps. In addition to ver- 
tical turbine pumps, there are also other types of vertical 
wet-pit pumps. Included among these units are: 

• Propeller type deepwell pumps. These high-capacity, 
low-head pumps are used in many dry docks for dewater- 
ing service. 

• Single-stage double-suction impeller deepwell 
pumps. Because of their double-suction design, the NPSH 
requirements for these centrifugal pumps are typically 
less than those for vertical turbine pumps that deliver 
equivalent capacities. However, a double-suction impeller 
pump generally has a larger casing diameter than a com- 
parably rated VTP. 

• Single-stage end-suction sump pumps with volute 
casings. These centrifugal pumps are generally furnished 
with short settings or lengths. Due to the side discharge 
configuration of the pump’s volute casing, the vertical 
pipe through which liquid travels from the impeller to the 
above-deck discharge flange is mounted adjacent to the 
line shaft rather than concentric with it. 
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• Submersible centrifugal pumps* These single-stage 
end-suction pumps, together with their drivers, which are 
generally either electric or hydraulic motors, are sub- 
merged within the liquid being pumped, 

L6 Rotary Pumps* Rotary pumps are positive-dis- 
placement machines in which one or more pumping ele- 
ments rotate within a stationary chamber. The chamber 
is typically formed by a one-piece casing or housing that 
is fitted at one or both ends with removable plates* A 
rotary pump traps fluid within cavities in its rotating ele- 
ments that are sealed by the inner wall of the casing* As 
each rotor turns, the trapped fluid is forced through the 
casing. Because the return of fluid back to suction, re- 
ferred to as “slip,” is impeded by close internal running 
clearances, during the revolution of each rotor a nearly 
fixed amount of fluid is forced out of the casing through 
the pump's discharge port. In addition, as the vacant cavi- 
ties within each rotor spin past the casing's suction port, 
a partial vacuum is created that draws additional fluid into 
the pump. Due to the internal seal between the suction and 
the discharge, internal valves are not required in rotary 
pumps. Shaft penetrations in rotary pump casings are 
usually sealed with packing or mechanical seals* Various 
types of rotary pumps are furnished for shipboard appli- 
cations in both horizontally and vertically mounted config- 
urations* 

a. Screw pumps. In screw pumps, fluid is trapped 
within a series of successive helical cavities that are 
formed between the threads of one or more screws and 
are sealed by a close-clearance casing. As shown in Fig, 
25, single-screw or “progressing cavity'' pumps include 
one rotor with a single external helical thread* As the 
rotor turns, it also orbits about the centerline of the 
dri veshaft and meshes with the stator's double-helix inter- 
na! thread. The meshing of the rotor with the close-clear- 
ance stator results in the formation of sealed cavities that 
progress axially along the length of the casing and carry 
fluid from the pump's inlet to its discharge port. Many 
of these pumps are fitted with a hardened rotor and an 
elastomeric liner within the stator* With this material com- 
bination the pump's stator is generally flexible enough to 
pass particles that may be entrained in the pumped fluid 
without causing serious damage to the rotor. Progressing- 
cavity pumps are often furnished in a “single-end" design 
in which fluid flows in only one direction along the rotor* 
The resulting axial unbalance is frequently absorbed by 
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one of the two antifriction type bearings that are typically 
used to support the pump's drive shaft. These bearings 
are usually mounted external to the pumped fluid. Due to 
the orbital motion of the rotor and the friction resulting 
from its contact with the stator, the speed at which prog- 
ressing-cavity pumps can operate is limited. They are best 
suited for applications involving high-viscosity fluids at 
relatively low capacities and pressures* 

As shown in Fig. 26, a twin-screw pump has two shafts 
that rotate within a close-clearance casing. When a “dou- 
ble-end” arrangement is used, each shaft is fitted with a 
pair of opposed helical screws. Fluid entering the pump's 
suction nozzle is often divided, and admitted to the rotors 
from both ends of the easing. The fluid then advances 
axially from each end of the pump, is recombined in the 
center of the unit, and is expelled through the casing's 
discharge connection. As a result of the opposed-flow pat- 
tern, axial thrust due to hydraulic unbalance is minimized* 
In addition, the pump's shaft seals are exposed only to 
fluid at suction pressure. To reduce the path length of the 
fluid entering the screws, in applications with poor suction 
conditions the flow path described above is sometimes 
reversed. However, with this alternative arrangement the 
shaft seals are exposed to fluid that is at the pump's 
discharge pressure. 

Radial loads applied to the rotating assembly of a twin- 
screw pump are generally absorbed by antifriction bear- 
ings that are mounted at both ends of each shaft. The 
bearings installed at one end of the pump are held in place 
axially, which enables them to also absorb residual axial 
thrust. The bearings are often relied on to maintain the 
proper axial and radial clearance between the meshing 
screws. To maintain the proper rotational clearance be- 
tween the screw threads, torque from the driving shaft, 
which is coupled to the pump's driver, is frequently trans- 
mitted to the idler shaft through timing gears. This elimi- 
nates the need for metal-to-metal contact between the 
screws and, therefore, reduces wear. 

Twin-screw pumps are sometimes designed so thabtheir 
bearings and timing gears will be submerged in, and lubri- 
cated by, the pumped fluid. Only one shaft seal is required 
with this internal bearing configuration to prevent leak- 
age at the location where the driving shaft penetrates the 
casing. If the fluid to be pumped will not be clean or will 
not have good lubricity, a pump with bearings and timing 
gears that are enclosed within lubricating-oil reservoirs 
located external to the pumping chamber must generally 


be used. With an external bearing design, additional shaft 
seals are required to isolate the bearings and timing gears 
from the pumped fluid. 

Some screw pumps have two or more idler rotors* As 
shown in Fig* 27, multiple-idler screw pumps are typically 
designed to operate without timing gears. The helix angle 
of the threads on the rotors in these pumps is sufficient 
to enable torque to be transmitted directly from the driv- 
ing or power screw on the centershaft to the sealing 
screws on the idler shafts. Axial thrust can be minimized 
through the use of a double-end screw configuration, or 
with an internal hydraulic balancing device. Radial loads 
are applied to the center drive screw by each of the idler 
screws in a symmetrical pattern; therefore, the center 
rotor is radially balanced. Furthermore, each idler screw 
is supported radially along its entire length by the inner 
wall of the casing. Consequently, there is no need for 
separate radial bearings to support the idler rotors. Only 
one seal is required at the location where the center shaft, 
which is generally fitted with either an internal or an 
external bearing, penetrates the casing. To reduce wear, 
the drive screw and the idlers are often furnished in hard- 
ened materials. In addition, although a hydrodynamic film 
between the idler screws and the casing reduces metal-to- 
me tal contact between these parts, in some pumps renew- 
able casing liners are used. 

b. Gear pumps. In a gear pump the fluid being 
pumped is trapped between the teeth of two meshing 
gears and is forced through the casing. Slip is minimized 
by the meshing of the gears, by maintaining dose radial 
clearances between the gears and the inner wall of the 
housing, and by maintaining close axial clearances be- 
tween the faces of the gears and the pump's side or end 
plates. Gear pumps can be designed with an external con- 
figuration in which each gear's center of rotation is exter- 
nal to the major diameter of the mating gear, or with an 
internal configuration in which the center of rotation of 
one gear is within the major diameter of the second gear. 

An external gear pump, which is illustrated in Fig. 28, 
contains two external meshing gears that are mounted on 
parallel counterrotating shafts within a close-clearance 
easing. The gears can be of the spur, helical, or herring- 
bone design. Spur gears are inherently axially balanced 
and are suitable for many high-pressure, low-speed appli- 
cations. However, fluid trapped between meshing gear 
teeth can result in the generation of high localized pres- 
sures and increased radial shaft loads. To reduce this 
pressure, relief ports are sometimes cut into the discharge 
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Fig. 28 External gear pump 


side of the pump's end plates, which provides an escape 
path for the trapped fluid. Problems associated with 
trapped fluid can also be alleviated by using helical gears. 
Because of their helix angle, meshing teeth in this design 
engage gradually and force fluid that is between them to 
flow ahead of the contact or meshing point The retention 
of fluid between the meshing gear teeth is, therefore, 
prevented* Due to the axial thrust produced by mating 
helical gears, their use is generally limited to medium- 
pressure applications. A herringbone gear, which resem- 
bles two helical gears placed end to end, provides the 
advantages of the helical gear but eliminates its undesir- 
able axial unbalance. Consequently, herringbone gears 
are often used in external gear pumps furnished for 
higher-pressure applications. 

The hydraulic pressure gradient around the periphery 
of each gear, together with the reaction to the torque 
being applied to the pumped fluid, results In radial loads 
that are applied to the external gear pump's rotors. These 
loads are absorbed by sleeve or antifriction bearings that 
are mounted at the ends of each shaft. The shafts in many 
pumps are also fitted with thrust bearings* Torque from 
the driving or power shaft to the idler shaft in some exter- 
nal gear pumps is transmitted directly through the teeth 
of the pumping gears. However, to reduce metal-to-metal 
contact between the pumping gears, this torque can also 
be transmitted through separate timing gears. The 
pump's bearings and timing gears, when used, can be 
either submerged in, and lubricated by, the pumped fluid 
or mounted outside of the casing in isolated lubricating- 
oil reservoirs* 

Internal gear pumps contain an internal ring gear that 
rotates against the inner wall of the pump's casing. As 
shown in Fig. 29, a second smaller external gear or pinion 
is designed to rotate inside the ring gear. Fluid entering 
the pumping chamber is trapped between the teeth of each 
rotating gear* The fluid-carrying cavities are frequently 
sealed by a stationary crescent-shaped piece that fits be- 
tween the two gears* As an alternative to the crescent, 
some internal gear pumps rely on a close radial clearance 
between the tips of adjacent teeth on the two rotating 
gears to form a seal. To provide the necessary seal be- 
tween the pump's suction and its discharge, the internal 
and external gears, which have different axes of rotation, 
are arranged so that their teeth mesh over a portion of 
the external gear's circumference. Torque from the power 
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rotor, which can be either the external pinion or the inter- 
nal ring gear, is transmitted directly to the mating idler 
through the meshing teeth. The hydrodynamic fluid film 
between the gears is often relied on to absorb radial loads* 
Additional support for the drive shaft extension can also 
be provided by a bearing installed either Internal or exter- 
nal to the pumping chamber. 

Because of a longer arc of entry to the gear and a more 
gradual change in the direction of the flow, suction losses 
in an internal gear pump are typically less than those 
in comparably sized external gear pumps. In addition, 
because both gears in an internal gear pump rotate in the 
same direction, their relative velocity is generally low* 
which reduces wear. However, the use of internal gear 
pumps is usually limited to low-capacity, low-pressure ap- 
plications. 

c. Lobe pumps. As shown in Fig. 39, lobe pumps are 
similar to external gear pumps, except that in lieu of teeth, 
each of the two counterrotating rotors contains an equal 
number of rounded lobes. Rotors with two or three lobes 
are commonly used. Fluid entering the pump is trapped 
within the cavities formed between the lobe surfaces and 
the inner wall of the casing. The return of fluid to suction 
is impeded by the seal formed at the location where the 
rotors mesh. The rotors in smaller lobe pumps are often 
overhung on the ends of cantilevered shafts. In larger 
pumps, however, the rotors and shafts may be mounted 
between bearings. Due to the shape of the lobes, one rotor 
cannot drive the other, and torque from the power shaft 
to the idler must be transmitted through separate timing 
gears. The timing gears, together with the bearings re- 
quired to support each rotor, can be mounted within the 
casing or in separate lubricating-oil reservoirs. Lobe 
pumps are generally used in high-capacity, low-pressure 
applications. Due to the relatively large cavities formed 



504 


MARINE ENGINEERING 


DISCHARGE SUCTION 



to) SLIDING-VANE TYPE 
Fig* 31 Vflive pump 


between the rotating lobes, these pumps are capable of 
handling high-viscosity liquids, as well as liquids that con- 
tain some entrained solids* 

d. Vane pumps. The pumping elements in vane 
pumps consist of various types of reciprocating or sliding 
vanes, such as blades, buckets, rollers or slippers. Many 
vane pumps are of the internal or “vanedn-rotor” design, 
which is illustrated in Fig. 31, and contain from four to 
eight rigid vanes* These vanes slide back and forth within 
radial slots located around the circumference of a cylindri- 
cal rotor that turns inside either an eccentric cylindrical 
or a concentric elliptical casing. The outer tips of the vanes 
are held against the inner wall of the casing by centrifugal 
force. Springs, the admission of pressurized fluid behind 
the vanes, and the installation of push rods between op- 
posing vanes are additional methods used to improve com 
tact between the vane tips and the casing. As each vane 
sweeps past the inlet port, it follows the contour of the 
casing's inner wall and moves radially outward from the 
rotor. The low T -pressure created behind the vane draws 
fluid from the pump's inlet into the space between the 
rotor's outer surface and the casing's inner wall. This 
fluid is trapped between adjacent vanes and, as the rotor 
continues to turn, is forced through the casing* At the 
discharge port, the casing s inner wall pushes the vanes 
back into the rotor and forces the fluid out of the pump. 

Fluid acts against only one half of the vane pump's 
rotor during each pumping cycle; therefore, radial loads 
can be high. To reduce these loads, in some pumps two 
pairs of suction and discharge ports are equally spaced 
around the casing. With this arrangement liquid is simul- 
taneously admitted to both sides of the rotor, which re- 
sults in hydraulic radial balance. Bearings used to absorb 
residual radial and axial loads can be installed at each end 
of the rotor or on the inboard side of the rotor only, and 
can be located within the pumping chamber or exterfial to 
it. Vanes are typically made from plastics or composite 
materials; therefore, metal-to-metal contact in these 
pumps is eliminated. A slight amount of tip wear can be 
compensated for by the radial movement of the vanes. 
However, due to noise caused by the rubbing of the vane 
tips against the casing, these pumps usually cannot be 
operated at high speeds. Consequently, vane pumps are, 
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Fig. 32 Typical rotary pump performance curve 


generally used in moderate-capacity and low-pressure ap- 
plications with low-viscosity fluids. 

e_ Rotary-pump performance characteristics. The 
increase in the pressure of the fluid passing through a 
rotary pump is created by the resistance or back pressure 
that the rotors must overcome to force fluid through the 
pump and into the discharge pipe. The total head devel- 
oped within the pump, therefore, matches the requirement 
of the system. Although total head can be expressed in 
feet of liquid, when developed within a rotary pump it is 
more common for it to be expressed in terms ot the total 
differential pressure, in psi. p td is equal to the total 
pressure at the inlet to the pump subtracted from the total 
pressure at the pump's outlet. Like a centrifugal pump, a 
rotary pump will operate only at the point at which its 
head-capacity curve, typically illustrated in Fig. 32, is in- 
tersected by the curve of system head versus capacity. 
However, there are some significant differences between 
the performance characteristics of rotary and centrifugal 
pumps* 

* At any given speed the volume displaced within a 
rotary pump will remain constant; however, the capacity 
delivered by the pump will be affected by slip, which in- 
creases as the pump's differential pressure is increased 
and as the viscosity of the pumped fluid is reduced. 

* The pressure developed by a rotary pump matches 
the system back pressure at its discharge port. Therefore, 
if the pump is operated against a closed discharge valve, 
the pressure of the fluid trapped within its casing will 
continue to increase until the pump's driver is overloaded. 
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the pump or valve fail, or the discharge piping bursts. To 
prevent this type of damage from occurring, and to pro- 
tect the pump and piping from overpressurization, a relief 
valve should be installed in a rotary pump's discharge 
piping. Some rotary pumps are furnished with integral 
relief valves mounted directly on their casings. 

* The power required to drive a rotary pump will also 
continue to increase as the pressure developed within the 
pump increases. The use of a relief valve will limit this 
pressure and, therefore, the maximum horsepower re- 
quired by the pump. The brake horsepower required to 
drive a rotary pump, P p , can be calculated as follows using 
the total differentia] pressure, p td : 


P e< ±9. 

P 1^14 

where 


(35) 


Q = capacity, gpm 
% — pump efficiency, %/100 

In iieu of expressing NPSH available in terms of feet of 
liquid, the suction condition available to a rotary pump is 
often expressed in terms of psia and is referred to as the 
net positive inlet pressure available, p ni . . The minimum 
net positive inlet pressure required by a rotary pump is 
determined by operating the pump with a constant differ- 
ential pressure, and reducing the inlet pressure gradually 
until the capacity delivered is reduced sharply, a crackling 
noise is clearly audible, or the capacity delivered by the 
pump is reduced by 5%. The maximum value of p ni at 
which any of these conditions occurs is equal to the mini* 
mum net positive inlet pressure required by the pump. 
The reduction in capacity and increase in noise are caused 
by cavitation that occurs when the liquid entering the 
casing does not have sufficient energy to completely fill 
the cavities formed within the pump's rotors. Cavitation 
in rotary pumps can result in increased vibration, pressure 
pulsations at the discharge port, and pitting of the rotors 
and casing. The minimum net positive inlet pressure re- 
quired by rotary pumps generally increases with fluid 
viscosity, rotor cavity size, and operating speed. 

Because of its increased resistance to shear, when a 
fluid with a higher viscosity is pumped, the flow rate 
through a rotary pump's internal clearances is reduced. 
An increase in viscosity also generally reduces the pump's 
maximum allowable operating speed and increases its net 
positive inlet pressure requirements. In addition, because 
more energy is required to overcome the fluid's increased 
resistance to flow, the power required to drive a rotary 
pump increases with viscosity. 

Rotary pumps, being positive-displacement machines, 
are often used in applications with poor suction conditions. 
However, for these pumps to be self-priming, a liquid 
film is generally required to seal internal clearances. In 
addition, dry operation can often damage the pump's in- 
ternal components. Therefore, whenever a rotary pump 
is started with a suction lift or a negative inlet pressure, 
ft should first be filled with liquid. Once primed, the 
amount of liquid pumped will be reduced as the percent- 
age of entrained gas within the fluid entering the pump 


increases. The severity of the effect that entrained air or 
vapor has on a rotary pump's performance increases with 
reduced values of inlet pressure. 

L7 Vacuum pumps. Although similar in configura- 
tion to a rotary-vane pump, a vacuum pump is used pri- 
marily to remove air or gas from piping and components 
rather than to transfer liquids. Also known as a rotary 
liquid-piston or liquid-ring pump, as shown in Fig. 33, each 
unit is fitted with a multi-vaned rotor that rotates within 
either a coneentric-eiljptieai or an eccentric-cylindrical cas- 
ing. The casing is partially filled with water, or some 
other suitable liquid. As the rotor turns this liquid forms a 
continuous rotating ring that follows the contour of the 
casing's inner wall. The rigid vanes located around the 
circumference of the rotor are generally oriented radially, 
but may have tips that are curved slightly forward. 

Shrouds fitted onto the ends of the rotor enable individ- 
ual pumping chambers to be formed between each pair of 
vanes. As each chamber sweeps past the wider portion of 
the casing, the liquid contained between the vanes is 
thrown outward, and air or vapor from the adjacent inlet 
port is drawn into the evacuated inner portion of the cham- 
ber. As the rotation of the chamber continues into the 
close-clearance area of the casing, liquid is forced back 
between the rotor's vanes and the air or vapor that had 
entered this space is forced out through the pump's dis- 
charge port. During operation a small amount of liquid 
should be fed continuously to the vacuum pump's casing 
to replace liquid that may be discharged during each 
pumping cycle. The inlet and discharge ports leading to 
the pumping chambers can be included in a stationary 
cone that fits around the center of the rotor, or in the 
casing’s side plates. 

Vacuum pumps are generally supplied with radially 
split casings. To balance radial loads, some pumps are 
fitted with two inlet and two outlet ports that are alter- 
nately staggered at 90-deg intervals. The vacuum pump's 
rotor can be mounted on a shaft that is supported at each 
end by an antifriction or sleeve bearing and is flexibly 
coupled to the driver. However, in some smaller units the 
rotor is overhung on the end of the driver's shaft in a 
close-coupled configuration. With either arrangement, 
openings where the shaft protrudes through the pump 
casing are typically sealed with packing or mechanical 
seals. 

The performance curve for a vacuum pump is usually 
plotted in terms of the volumetric capacity of air or vapor 
removed from the suction line versus the absolute suction 
pressure. The capacity delivered by a typical vacuum 
pump remains relatively constant over much of the 
pump's operating range. However, as the absolute suction 
pressure is reduced below a certain value, there will gen- 
erally be a reduction in the pump's capacity. The capacity 
will also be reduced as the temperature of the pump's 
sealing liquid increases* To increase the vacuum that can 
be developed, liquid-ring pumps are sometimes supplied 
in two-stage configurations. These units are fitted with 
two rotors mounted on a common shaft within a single 
casing and are, in effect, two single-stage pumps op- 
erating in series. 
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Fig. 33 Liquid-ring vacuum pump 


1*8 Reciprocating Pumps, Reciprocating pumps are 
sometimes used for applications involving high pressures 
and relatively low capacities. In these positive- displace- 
ment pumps, pressure is developed by the reciprocating 
motion of a displacement element that applies a force 
directly against the fluid contained within an enclosed 
cylinder* Reciprocating pumps are furnished in both hori- 
zontal and vertical configurations, where this direction 
refers to the orientation of the displacement element's 
axis. Each pump consists of two basic elements: the liquid 
end and the drive end* 

a* Liquid end* The portion of a reciprocating pump 
that pumps fluid is referred to as the "liquid end/' During 
each suction stroke the volume within the liquid cylinder 
Increases due to the retraction of its displacement ele- 
ment, which results in a reduction in the cylinder's pres- 
sure* When this pressure is sufficiently below the pres- 
sure at the pump's inlet port, the suction valve opens and 
fluid is drawn into the cylinder. Once the displacement 
element's direction of travel is reversed, it pushes against 
the fluid that has filled the cylinder* The pressure of the 
fluid is increased until it exceeds the pressure at the 
pump's outlet port by an amount that is sufficient to open 
the discharge valve* The fluid within the cylinder is then 
forced through this valve and into the discharge piping. 

The moving displacement element used in a reciprocat- 
ing pump can either be a piston, which typically resembles 
a flat disk, or a plunger, which often looks like a smooth 
rod. The pressure seals between a piston and its cylinder 
are mounted directly on, and move with, the piston, while 
the seals installed around a plunger are mounted at the 
base of the cylinder and are stationary. Various types 
of nonreturn valves can be used in the liquid end of a 


reciprocating pump, including stem-guided disk valves 
and caged plate valves with flat seats for general sendee, 
wing-guided valves with tapered seats for higher-pres- 
sure applications, and ball valves and semispherical valves 
which, due to their large flow areas, are often used in 
applications involving viscous or abrasive fluids. Many 
valves have removable seats that are either screwed, 
pressed, or clamped in place, and in some applications the 
valves are fitted with elastomeric sealing elements. The 
suction and discharge valves are generally installed 
within one or more chambers that are either integral with 
or bolted to the side of the liquid cylinder. 

Many piston pumps are arranged so that fluid will be 
alternately drawn into and discharged from both ends of 
each liquid cylinder* With this configuration while one 
face of the piston is in its suction stroke and is drawing 
fluid into its end of the liquid cylinder, the piston's other 
face is simultaneously discharging fluid from the opposite 
end of the cylinder. At the end of the stroke the sequence 
is reversed; therefore* within each cylinder in these “dou- 
ble-acting*' pumps there are two suction strokes and two 
discharge strokes during every complete reciprocating cy- 
cle of the piston. To maintain the required seal between 
the piston and the bore of its cylinder, soft fibrous or hard 
composition packing rings, metal bull and snap rings, or 
molded elastomeric cups are fitted around the piston's 
outside diameter. So that mating surfaces inside the cylin- 
der can be periodically renewed, many liquid cylinders are 
fitted with replaceable liners, A packed stuffing box is 
generally provided to reduce fluid leakage at the point 
where the piston rod that connects the liquid piston to the 
pump's drive end protrudes through the head of the liquid 
cylinder, 
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In a plunger pump, the stationary seal around each 
plunger is typically formed by packing rings installed 
within a stuffing box located at the base of the liquid 
cylinder. To enable the packing rings to be self-adjusting, 
in some units they are spring loaded* Additional secondary 
packing rings are also sometimes used, So that a lubricant 
can be injected into the packing or to permit high-pressure 
fluid to be bled from the stuffing box, a lantern ring is 
often sandwiched between two of the inner packing rings, 
A conventional plunger is a single-acting displacement 
element However, to create a double-acting effect, the 
plungers in some pumps are mounted in pairs that operate 
within opposed cylinders. The opposed plungers are 
driven in unison; therefore, while one is in its suction 
stroke, the opposite plunger is discharging fluid. 

b* Drive end* The drive ends used with reciprocating 
pumps can be divided into two basic groups: direct-acting 
and power. Although a direct-acting pump, which is shown 
in Fig. 34* can be driven by steam, compressed air, or 
other compressed gases, pumps of this type are commonly 
referred to as "steam pumps*" A direct-acting pump's 
drive end, which is also frequently called the "steam end," 
generally contains one (simplex) or two (duplex) cylinders 
that are each fitted with a double-acting piston. At the 
beginning of a stroke, steam (or another gas) is admitted 
into one end of a drive cylinder, which forces the piston 
in that cylinder to move* As a result of this motion, the 
steam on the other side of the piston is expelled from 
the pump* After the stroke has been completed, steam is 
admitted into the opposite end of the same cylinder and 
the piston's travel path is reversed* As this cycle is contin- 
uously repeated, a reciprocating motion is transmitted 
directly to the displacement element in the adjacent liquid 
cylinder, which enables fluid to be pumped* The liquid end 
of a direct-acting pump typically has either double-acting 
pistons or opposed plungers. 

The admission of steam into a direct-acting pump is 
regulated by valves that are installed within the steam 
chest located on the side of the drive cylinder. In a duplex 
pump the valve for each drive cylinder is actuated mechan- 
ically by the movement of the opposite cylinder's piston 
rod. As the valve is moved it alternately covers and uncov- 
ers the inlet ports through which steam enters each end 
of the drive cylinder* This valve also alternately connects 
each of the drive cylinder's two exhaust ports, which are 
located inboard of the inlet ports, to the steam chest's 
outlet port under the center of the valve* In some pumps 
a flat-faced slide type drive-end valve is used; however, 
when the valve is large, or when the pump is driven by 
high-pressure or high-temperature steam, a balanced-pis- 
ton type drive-end valve may be used* The drive-end valves 
and their linkages are generally adjusted so that one drive 
piston leads the second by approximately % to % of a 
stroke. With this arrangement steam is always being ad- 
mitted into one of the drive cylinders, and the failure of 
the pump to operate due to the simultaneous covering of 
the inlet ports in both steam chests is prevented* Play, 
referred to as lost motion, is typically provided in the 
drive-end valve linkages to allow each valve to remain 
stationary during a portion of the stroke of the piston that 
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Fig. 34 Vertical reciprocating direct-otfing simplex pump 


actuates the valve* Lost motion permits the admission of 
steam into each drive cylinder to continue throughout the 
entire stroke of the piston in the cylinder and gives the 
valves in the pump's liquid end time to seat quietly be- 
tween strokes* When it is adjustable, an increase in lost 
motion increases the duration of the pause at the end of 
each stroke and reduces the overlap between the suction 
and discharge strokes in the liquid cylinders* The drive 
cylinder's exhaust port is covered by the piston before the 
end of the stroke* The steam that remains trapped in the 
cylinder acts as a cushion between the piston and the 
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Fig. 35 Vertical reciprocating power pump 


cylinder head and smoothly decelerates the pump's mov- 
ing parts as each stroke is completed Valves are some- 
times provided to regulate the leakage rate of the cushion- 
ing steam from the drive cylinders. These valves are 
usually adjusted to allow each drive piston to complete 
the longest stroke that does not result In contact with the 
cylinder heads. 

The drive cylinder in a simplex pump is fitted with a 
steam* (or gas) actuated piston-type valve. The admission 
of steam to the ends of this valve is controlled by a sepa- 
rate flat-faced slide or balanced-piston type pilot valve 
that is linked mechanically to the drive-end piston rod. 
Just before each stroke of the drive piston is completed, 
the pilot valve is repositioned and steam is directed to one 
end of the steam-actuated valve. The force of the steam 
moves the steam-actuated valve’s piston completely to the 
opposite side of the steam chest, changing the end of the 
drive cylinder into which steam is admitted. Because the 
steam -actuated valve's piston cannot remain in the middle 
of the steam chest, referred to as the dead-center position, 
steam is always being admitted into one end of the drive 
cylinder. Consequently, the failure of the pump to operate 
due to the simultaneous covering of both of the drive 
cylinder's steam inlet ports is prevented. The linkage for 
a simplex pump’s pilot valve has lost motion, which, when 
it is adjustable, Is usually increased until the drive piston 
has the longest stroke that does not result in contact with 
the cylinder heads or cause the pump to stall. 

In a power pump, which is typically illustrated by Fig. 
35, a crankshaft and connecting rods convert the rotary 
motion of the driver’s shaft to reciprocating motion that 
is transmitted to the liquid end's plungers or pistons. A 
crosshead that absorbs side loads is frequently installed 
between each connecting rod and the corresponding 


plunger or piston rod. Each end of the crankshaft is usu- 
ally fitted with either a tapered roller bearing or a sleeve- 
type journal bearing. In larger units additional bearings 
may also be installed along the length of the crankshaft. 
Replaceable sleeve bearings are generally fitted into both 
ends of each connecting rod. Geared speed reducers, fluid 
couplings, or multi Y-belt drives are often used between 
the driver and the pump. In addition, some larger power 
pumps are furnished with their own integral reduction 
gears. The power frame used with this arrangement is 
fitted with ^ second shaft that is coupled to the driver. A 
pinion installed on the second shaft transmits torque to a 
reduction gear that is mounted on the crankshaft The 
gears, together with the pump’s bearings and crossheads, 
are generally lubricated by oil that is stored within the 
power end’s sealed crankcase. When necessary, an inte- 
gral rotary pump is provided to supply pressurized lubri- 
cating oil 'to the power end’s various components. In 
larger pumps the power end may also be fitted with an 
integral oil cooler. Common power pump configurations 
include liquid ends with two (duplex) double-acting pis- 
tons, and liquid ends with three (triplex), five (quintuplex), 
seven (septuplex), or nine (nonuplex) single-acting 
plungers. 

c. Reciprocating- pump performance characteris- 
tics. The volume displaced per cycle in the liquid end of 
a reciprocating pump is constant, and is a function of the 
outside diameter and stroke length of the liquid piston or 
plunger. A direct-acting pump is typically identified by 
three numbers: the first is the drive piston's outside diam- 
eter, the second is the outside diameter of the liquid piston 
or plunger, and the third is the length of the stroke, A 
power pump's geometry can be identified by two numbers: 
the first is the diameter of the liquid piston or plunger and 
the second is the stroke. These dimensions are generally 
expressed in inches. Because of slip, which includes leak- 
age and backflow through the liquid end’s suction and 
discharge valves, as well as leakage across the internal 
seals in a piston pump, the actual average capacity deliv- 
ered by a reciprocating pump is less than the theoretical 
capacity that is based on the volume displaced by the 
pistons or plungers. Leakage at the liquidend’s external 
stuffing boxes and the compressibility of the fluid being 
pumped also result In reductions of the delivered capacity. 
However, with properly working valves and seals, the 
actual average capacity delivered by many reciprocating 
pumps is within 95 to 97% of the theoretical value. The 
capacity delivered by a reciprocating pump can be in- 
creased by raising the pump’s operating speed, by using 
a pump with a greater number of liquid cylinders or a 
larger liquid-piston or plunger diameter, and by increas- 
ing the stroke length of the liquid piston or plunger. Some 
power pumps have an internal linkage that enables the 
stroke length of their plungers to be changed. The capac- 
ity delivered by a power pump is also sometimes controlled 
by using synchronized suction valve unloaders s which hold 
the pump’s suction valves open when the capacity deliv- 
ered is to be reduced. The pressure developed by a recipro- 
cating pump is automatically adjusted based on the back 
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Table I Reciprocating pump performance characteristics 



No. of Pumping 




Configuration* 

Chambers 

Max. Flow* 

Min Flow* 

O 


Power Pumps 



Dupiex DA 

4 

124 

78 

0.115 

Triplex SA 

3 

107 

83 

0.066 

Quintuplex SA 
SeptupJex SA 

5 

7 

102 

101 

05 

97 

0.040 

0.028 

Nonuplex SA 

9 

101 

98 

0.022 


Direct-Acting Steam Pumps 



Simplex DA 
Duplex DA 

2 

120^ 

0 

0.200 

4 

102* 

92* 

0.060* 


a SA — single-acting; DA = double-acting. 

* As a percent of the average flow rate. 
f C = acceleration head constant [see equation {41)7. 
d These values are only approximations. Actual values will vary 
based on valve adjustment. 

e With properly adjusted valves. If valves are not properly ad- 
justed, C will approach 0.200. 

pressure or resistance in the system. To prevent overpres- 
surization, a relief valve should be installed in the pump’s 
discharge piping upstream of any shutoff valves. 

Fluid is not discharged from a reciprocating pump's 
liquid cylinders at a steady rate; therefore* there are pul- 
sations in the flow rate and pressure of the fluid delivered. 
Typical variations in flow rate for various reciprocating 
pump configurations are included in Table L In a direct- 
acting pump the velocity of the liquid piston or plunger, 
together with the velocity of the fluid that the piston 
or plunger displaces, increases quickly, remains constant 
throughout most of the stroke, and then drops off quickly 
to zero. In a power pump, however, the velocity of the 
piston or plunger varies continuously throughout the 
stroke approximately with the sine of the crankthrow 
angle. In addition, although due to lost motion there is a 
pause at the end of each stroke in a direct-acting pump, 
the plungers or pistons in a power pump have no such 
pause. Flow and pressure variations in a reciprocating 
pump's suction and discharge lines are sometimes reduced 
by installing pulsation dampeners in the piping adjacent 
to the liquid-end's inlet and outlet ports, or directly on the 
pump’s liquid valve chambers. 

The brake horsepower required to drive a power pump’s 
shaft can be calculated using equation (35), except that 
for reciprocating pumps Q is the capacity measured at the 
pump’s suction conditions. If the values used for both Q 
and p id in equation (35) are the average capacity delivered 
by the pump and the average total differential pressure 
developed, respectively, the result calculated will be the 
pump’s average power requirement. However, due to the 
fluctuations in flow and pressure, the instantaneous 
power required by a power pump varies throughout the 
discharge stroke and reaches a peak value during each 
complete revolution of the crankshaft that exceeds the 
average power requirement. 

The power requirement for a direct-acting pump can 
be expressed in terms of the steam or gas pressure and 
consumption rate. When steam is used as the driving me- 
dium it Is usually saturated so that moisture will be pres- 
ent to help lubricate the drive-end’s pistons and valves. If 
a direct-acting pump is driven with superheated steam or 


a compressed gas, a small amount of oil is often mixed 
with the steam or gas to lubricate the drive-end’s internal 
components. This oil is sometimes injected directly into the 
steam chest by a mechanical lubricator that is mounted on 
the pump and actuated by the movement of the piston 
rods. The theoretical differential or net steam or gas pres- 
sure required for the pump to develop a given differential 
pressure in its liquid end is a function of the ratio of the 
outside diameter of the liquid piston or plunger divided 
by the outside diameter of the pump’s drive piston. The 
actual net pressure required in the pumps drive end, how- 
ever, is greater than the theoretical value due to meehani- 
cal losses in the pump,, such as friction. If both the reduc- 
tion of piston-face area caused by the piston rod and losses 
in the pressure of the driving medium as it enters and 
leaves the drive cylinder are neglected, the net steam 
pressure required to drive a liquid end fitted with either 
double-acting pistons or opposed plungers is equal to 



where 

p Dr — net pressure to drive end, psi 
d& r = drive piston outside diameter, in. 
d L — liquid piston or plunger outside diameter, in. 

Vm = pump mechanical efficiency, %/10G 

Steam consumption is generally expressed in terms of 
mass flow rate, which can be estimated from 

60 tt 

™ st ~ C 2 C* p st (37) 

where 

M st = steam consumption, lbm/hr 
S p = average piston speed, fpm 
n “ number of steam cylinders 
C 1 = cylinder clearance ratio 
C z “ steam condensation and leakage factor 
C € — exhaust correction factor 
p Si — steam density at inlet pressure, pcf 

C lf which is usually lower in pumps with longer stroke 
lengths, typically varies from LI to 1.2. Values of C 2 
Increase with steam pressure and steam piston diameter, 
and decrease at higher piston speeds; C z generally falls 
in the range from 1 to 5, C e can be estimated with the 
following expression [2]: 


= f PDr + p e 

[ PDt j 


1/2 


(38) 


where p € is the exhaust pressure, psig. 


Neglecting the volume displaced by the liquid piston 
rods, when either double-acting liquid pistons or opposed 
liquid plungers are used, the average piston speed, S pf 
can be related to the pump’s average capacity: 




4 (231) Q 
12 it n 7)„ 


( 39 ) 
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where 


Q — average capacity, gpm 
r\ v = volumetric efficiency, %/lQO 


If air or compressed gas is used to drive the pump, the 
gas consumption is generally expressed in terms of the 
volumetric flow rate, which can be estimated by 


(40) 


\POr + V, + 14.7 } 

I 520 1 

1 14.7 J 

I?, + 460 J 


where 


q g — gas consumption, standard (corrected to 14.7 psia 
and 60 F), cfm 

Tj = gas inlet temperature, F 


The NPSH available to a reciprocating pump can be ex- 
pressed in terms of either pressure or head. However, in 
addition to the terms typically included in the calculation 
of NPSHA, the effect of pressure pulsations and velocity 
changes that occur within the suction piping must also be 
considered. To account for these fluctuations, the accelera- 
tion head, which represents the energy required to acceler- 
ate the fluid in the pump's suction line, can be subtracted 
from the NFSH A values calculated using equation (32). Ac- 
celeration head can be estimated using [I] 




L t V S NC 
Kg 


(41) 


where 

— acceleration head, ft 
L s ~ suction pipe length, ft 
V s — average fluid velocity in suction pipe, fps 
K — fluid compressibility factor (e.g., 1.4 for hot wa- 
ter, 2.5 for hot oil) 

N = pump operating speed, cpm 
C = acceleration head constant (see Table 1) 

Equation (41) gives the maximum acceleration head, which 
occurs at the beginning of the suction stroke, and is less 
valid with long lengths of suction pipe. H ae can be reduced 
by installing a properly sized pulsation dampener close to 
the pump's inlet, by increasing the diameter of the suction 
line, and by reducing the pump's operating speed. 

To determine the NPSH required by a reciprocating 
pump, the pump is operated with a constant discharge 
pressure and speed, and the NPSHA is gradually reduced 
until a clearly audible cavitation noise or knocking sound 
is heard, or until the capacity delivered is reduced by 
The value of the NPSHA at which either of these 
conditions first, occurs is considered to be the pump's 
NPSH requirement at the test speed. NPSHR is some- 
times reduced by using lighter springs in the liquid-end's 
suction valves. However, this can also increase the back- 
flow through the valves and reduce the pump's volumetric 
efficiency. The cavitation that results from operation with 
insufficient NPSHA can lead to pitting of the piston or 
plunger, and to damage of the drive-end components due 
to increased vibration. 

A reciprocating pump is a positive-displacement ma- 
chine; however, if a pump with a suction lift is started 
with air or vapor in its liquid cylinders and with liquid 


resting on top of its discharge valves, the pressure of the 
gas being compressed within the liquid cylinders may not 
be sufficient to open the valves. In addition, because the 
gas remaining in each cylinder reexpands during the suc- 
tion stroke, the liquid cylinder pressure may not be re- 
duced sufficiently to permit the suction valves to open. 
Consequently, the pump may not be able to prime itself. 
The ability of a reciprocating pump to prime itself is re- 
duced as the volume remaining within the liquid cylinder 
when the piston or plunger is fully extended, referred to 
as the clearance volume, is increased. For this reason, 
piston pumps typically have self-priming characteristics 
that are superior to those of plunger pumps, which are 
sometimes designed to operate only with flooded suctions. 

1.9 Rotating-Piiton Pumps. The pumping action in 
rotating-piston pumps, which are sometimes classified as 
rotary pymps, is created by the reciprocating motion of 
multiple'single-actingpistons within dose-clearance cylin- 
ders. However, unlike the power pumps described pre- 
viously, in a rotating-piston pump the pistons together 
with their cylinders also rotate about the shaft's axis. 
Rotating-piston pumps, which are typically motor driven, 
are furnished in two basic configurations: pumps in which 
the pistons are mounted in an axial direction, and pumps 
that are fitted with radially oriented pistons. 

A radial-piston pump is usually a variable-stroke unit 
in which multiple single-acting pistons, often seven, are 
oriented radially around the circumference of the shaft. 
As shown in Fig. 36, the outboard end of each piston is 
pinned to a roller or slipper that is in contact with the 
in side wall of a nonrotating floating ring. The eccentricity 
of the floating ring with respect to both the shaft and the 
liquid cylinder block is controlled by the position of a 
guide yoke that can be moved radially within the pump's 
housing. When the yoke is moved off center, the motion 
is transmitted through the floating ring to the pistons, 
and as each piston makes one complete revolution it slides 
back and forth within the rotating liquid cylinder block. As 
a result of this reciprocating motion, fluid is alternately 
drawn into and discharged from each cylinder through 
suction and discharge ports that are located in the station- 
ary housing. If the eccentricity of the floating ring is 
increased, the capacity delivered at a constant operating 
speed will also increase. In addition, if the direction of the 
eccentricity is reversed, the direction of flow through the 
pump will be reversed. The position of the yoke and the 
floating ring can be adjusted manually, or with an auto- 
matic controller. 

In an axial-piston pump a number of single-acting pis- 
tons, usually seven or nine, are equally spaced around the 
pump's shaft. However, as shown in Fig. 37, the axes of 
the pistons and that of the shaft are parallel. The non- 
pumping end of each piston is fitted with a short rod that 
is connected, through a ball-and-socket type joint, to the 
“socket ring," As the socket ring rotates with the pump's 
drive shaft, it turns the pistons and the multicylinder 
block or barrel that fits over them. The socket ring is 
often mounted within a nonrotating tilting box that can 
be used to adjust the ring's angle with respect to the 
shaft. When the socket ring is tilted, the pistons on one 
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side of the ring are moved closer to the cy linder block than 
those on the opposite side. Because of this orientation, as 
the pistons rotate, they slide back and forth within their 
rotating cylinders. The reciprocating motion alternately 
k WS aTlc ^ discharges it from each cylinder 

through suction and discharge ports in a stationary valve 
Plate. Increasing the socket-ring's tilt angle increases 


each piston's stroke and the capacity delivered at a con- 
stant speed. In some units the tilt angle can be reversed 
to reverse the direction of flow through the pump. 

I JO Diaphragm Pumps. Diaphragm pumps are posi- 
tive-displacement units in which pumping action is created 
by the reciprocating motion of a flexible membrane that 
is secured around its periphery between the walls of a 
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Fig. 33 Diaphragm pump 


stationary chamber. Although this reciprocating motion 
can be induced by mechanical means through a crank 
or cam, or hydraulically with a pressurized liquid, many 
diaphragm pumps are driven pneumatically with com- 
pressed air or gas* As shown in Fig. 38, a typical pneumati- 
cally operated diaphragm pump contains two diaphragms 
within enclosed chambers that are mounted side-by-side 
in a duplex arrangement* As air or gas is admitted behind 
one of the diaphragms, the volume of the pumping cham- 
ber that is outboard of the diaphragm is reduced and fluid 
contained within it is discharged from the pump. A bar or 
shaft connecting the two diaphragms forces the second 
diaphragm to move in a parallel fashion, which expands 
the volume of, and draws fluid into, the outboard pumping 
chamber on the opposite side of the pump. In addition, air 
in the chamber on the inboard side of the second dia- 
phragm is exhausted from the unit. During the second 
half of the pumping cycle, air is admitted into this cham- 
ber, and both diaphragms are forced to move in the oppo- 
site direction* Due to the simultaneous movement of the 
two diaphragms, as fluid is discharged from the second 
pumping chamber, it is also drawn into the first pumping 
chamber, and the air initially admitted behind the first 
diaphragm is exhausted from the pump. The alternating 
suction and discharge strokes within each chamber result 
in a nearly steady flow of fluid from the pump* So that 
each chamber's inlet and outlet ports will be sealed during 
the discharge and suction strokes, respectively, these 


ports are fitted with nonreturn valves. Flap, ball, or pop- 
pet type check valves are frequently used. In addition, the 
alternating admission and exhaust of air from the inboard 
side of each chamber are controlled with an automatic 
four-way distribution valve. Due to the continuous seal 
formed by each diaphragm between the pumped fluid and 
the driving air or gas, these pumps can be used in applica- 
tions that require zero leakage* 

With a constant air or gas pressure, as the capacity 
delivered a pneumatically operated duplex diaphragm 
pump increases, the total head developed is reduced and 
the volumetric consumption of air or gas increases. In 
addition, the total head developed at any capacity and the 
slope of the pump's head-capacity curve increase with the 
pressure of the air or gas driving the pump. A pneumati- 
cally operated diaphragm pump's maximum discharge 
pressure is equal to the pressure of the air or gas used to 
drive it; therefore, because of limitations in the pressure 
and volume of the gas that is often available for this 
purpose, these pumps are typically used in applications 
requiring only low discharge pressures and capacities. 

1.11 Marine Pump Applications. The various pump 
sendees used onboard any vessel can be divided into two 
basic groups: those that are related to the main propulsion 
equipment and those that are not. The materials used in 
the construction of a marine pump depend on the applica- 
tion for which the unit is furnished; however, there are 
some general requirements that should typically be fol- 
lowed: 

• The use of ductile materials is recommended for 
resistance to shock and vibration. 

• Wetted pump components (i.e., the components that 
will be exposed to the fluid being pumped) should be resis- 
tant to corrosion from the liquids that they contact* In 
addition, if seawater or another liquid that can conduct an 
electrical current is to be pumped, dissimilar materials 
that are used should be compatible galvanically. When a 
galvanic couple does exist, it is generally desirable that 
the smaller of the two parts involved be made from the 
more noble material so that it will act as the cathode. 

• Erosion resistance should be considered in the selec- 
tion of materials for components that will be exposed 
to high-velocity liquid* This is especially important if the 
pumped liquids will contain abrasives, such as the sand 
and grit that are often found in seawater, or if the compo- 
nent will be exposed to cavitating fluids. 

• To reduce damage due to any inadvertent contact 
that may occur in service, material combinations used 
for mating rotating and stationary components should be 
resistant to galling. 

• Materials selected for major components, such as 
casings, should be weld repairable to permit, surfaces that 
wear with time due to corrosion or erosion to be renewed* 

Materials used for wetted pump components often in- 
clude the following: 

Seawater pumps. Materials commonly used in the con- 
struction of seawater pumps include various grades of 
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bronze, copper-nickel alloys, high-alloy austenitic chromi- 
um-nickel stainless steels, nickel-copper and nickel-cop- 
per-aluminum alloys, titanium, and nickel-chromium-mo- 
lybdenum alloys. In addition, duplex (austenitic/ ferritic) 
stainless steels and fiber reinforced composite materials 
are used in some applications. 

Freshwater pumps . Although the same materials used 
in seawater pumps can be used in the construction of units 
that will handle fresh water, to reduce cost, cast iron, 
ductile iron, and carbon and alloy steels are also used in 
freshwater pumps. In addition various grades of stainless 
steels, such as 12% chrome martensitic, 17-4 precipitation- 
hardened, and 300 series austenitic stainless steels are 
sometimes used* 

Oil pumps * With the exception of liquid bulk cargoes, 
the majority of the oils that are handled by shipboard 
pumps are used for fuel, for lubrication, or to power hy- 
draulically operated machinery. Materials used in the con- 
struction of these pumps include: cast and ductile irons; 
carbon, alloy, and stainless steels; and various grades of 
bronze* 

A description of the pumps used in typical shipboard 
applications follows below; however, this information is 
general in nature and exceptions can generally be found 
as warranted by the requirements for specific vessels, or 
by the preferences of owners and designers* 

a. Steam turbine propulsion-related pump applica- 
tions* 

Main condensate. A main condensate pump receives 
water directly from the hotwell in the condenser and, on 
most vessels, transfers it to a direct-contact type deaerat- 
ing feedwater heater (DFT)* The total head that must be 
developed by the typical condensate pump is, therefore, 
based on the difference in elevation between the water 
level in the hotwell and the level in the DFT, the difference 
in the pressures within these two chambers (the hotwell 
is generally under a high vacuum, while typical DFT pres- 
sures can range from approximately 10 to 70 psig) p and 
the losses due to friction and turbulence in the pump's 
suction and discharge piping (including losses in any heat 
exchangers that may be installed between the condenser 
and the DFT)* Pumps used in this application are fre- 
quently rated to develop total heads in the range of 150 
to 400 ft 

Two centrifugal condensate pumps are often provided 
for each condenser. Depending on the capacity delivered 
by each pump, which is typically less than 1200 gpm p and 
plant load, one pump may operate alone with the second 
used as a standby unit, or both pumps may be operated 
together in parallel. Because the condensate in the hotwell 
! s at ^ saturation point, the NPSK available to the pump 
is essentially equal to the height of the water level in 
the hotwell above the standard datum, less losses in the 
suction piping. To maximize HPSHA, the condensate 
pump is usually installed as far below the condenser as 
practicable and has a suction line that is direct and free 
o unnecessary bends; however, condensate pumps must 
frequently operate with only 1.5 to 3 ft of NPSHA. Conse- 
quently, operating speeds for main condensate pumps are 
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usually limited to 1800 rpm. In addition, first-stage impel- 
lers with suction specific speed values as high as 18,000 
have been used* 

Two- and three-s tage vertically mounted pumps that 
have an axially split volute-type casing are frequently 
used in this application (see Fig. 39)* These pumps are 
driven by either steam turbines with reduction gears or 
electric motors. A grease-lubricated ball bearing is usu- 
ally installed at the upper end of the pump's shaft to 
absorb both axial and radial loads. In many pumps radial 
loads are also absorbed by internal water-lubricated 
sleeve bearings* To aid in the removal of air and vapor 
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from the casing* a vent line is typically installed from the 
pump’s suction nozzle back to the condenser. Although 
some units have a double-suction first-stage impeller, 
many condensate pumps are fitted only with single-suc- 
tion impellers. In addition, when a single-suction first- 
stage impeller is used* it is generally mounted with its 
eye upward so that it will be self-venting. To maximize 
submergence, the first-stage impeller is often overhung 
on the lower end of the pump's shaft With this arrange- 
ment the single shaft seal, which can consist of a packed 
stuffing box or a mechanical seal, is located at the top of 
the easing. The condensate being pumped, therefore, is 
discharged through one or more of the pump's stages 
before it reaches the base of the seal, which reduces the 
potential for air to be drawn into the casing through the 
shaft penetration. Pressurized water is also frequently 
recirculated to the shaft seal from a discharge area of the 
casing or from an external part of the condensate system. 

In addition to the configurations described above, verti- 
cal turbine pumps installed in suction cans and vertically 
mounted multistage barrel-type diffuser pumps have also 
been used in this application. 

If the condensate pump is driven by a steam turbine, 
the pump's speed can be adjusted with plant load so that 
the capacity removed from the hotwell matches the rate 
at which condensate enters the hotwell. However, motor- 
driven condensate pumps typically operate at a fixed 
speed. Three basic types of arrangements are used to 
control the capacity delivered by constant-speed conden- 
sate pumps [25]: 

1. Submergence control With submergence control, 
the condensate pump will deliver the capacity correspond- 
ing to the point at which its head-capacity curve crosses 
the system head curve only when there is sufficient NPSH 
available to the pump. However, if the flow of steam into 
the condenser is reduced and the hotwell level drops to 
the point where NPSH available is less than the pump's 
NPSH requirement, the capacity delivered and total head 
developed will both be reduced by cavitation. As the reduc- 
tion in the capacity delivered by the pump continues, a 
point of equilibrium will be reached where the NPSH 
available to the pump equals the pump's new NPSH re- 
quirement, and the capacity and hotwell level will stabi- 
lize, Provided that the NPSH A is less than the NPSHR at 
the point ’where the system head curve crosses the pump's 
head-capacity curve, the pump's capacity is, therefore, 
automatically regulated by cavitation to match the rate 
at which condensate enters the hotwell. 

2. Throttle control. With throttle control, the throt- 
tling action of a valve in the pump's discharge line adjusts 
the system head curve so that it crosses the pump's head- 
capacity curve at the capacity required to keep the hotwell 
level at a desired preset value. Under steady-state condi- 
tions this capacity also equals the rate at which conden- 
sate enters the hotwell 

3. Recirculation control. With recirculation control, an 
automatic control valve installed in a recirculation line 
connected from the pump's discharge piping back to the 
condenser opens as the hotwell level drops and closes if 
the hotwell level increases. When this arrangement is 


used, the hotwell level is maintained at a value that both 
suppresses cavitation and permits the condensate pump 
to operate near its rated capacity. 

On some vessels a combination of the above methods is 
used for condensate-pump capacity control 

Auxiliary condensate . On some vessels the steam used 
to drive turbogenerators is exhausted into an auxiliary 
condenser. As with the main condenser, the water that 
collects in the hotwell of the auxiliary condenser is gener- 
ally pumped to the DFT. Two-stage vertically mounted 
centrifugal pumps that are similar in design to the main 
condensate pumps are often used in this application. 
These pumps, which frequently deliver capacities in the 
range of 35 to 250 gpm at total heads from 150 to 350 ft, 
are sometimes designed to operate at speeds as high as 
3600 rpm. 

Condenser exhausting* Liquid-ring type vacuum 
pumps aro used on some vessels to remove air and other 
noncondensable gases from the main or auxiliary condens- 
ers. Two pumps that are each capable of individually main- 
taining the required vacuum are frequently provided for 
each condenser, As a result of the high condenser vacuum 
typically required for proper steam plant operation, the 
vacuum pumps used in this application are often two- 
stage units. Condenser exhausting pumps are usually 
driven at speeds up to 1800 rpm by electric motors. 

A vacuum pump's capacity is usually expressed in 
terms of standard cfm of dry air measured at an absolute 
pressure of 14.7 psia and a temperature of 70 F. The air 
and other gases removed from a condenser, however, are 
saturated with water vapor. The vapor content in the mix- 
ture entering a condenser exhausting pump is often esti- 
mated based on the amount of water vapor that will satu- 
rate air at a temperature equal to 7.5 deg F less than 
the saturation temperature corresponding to the pressure 
within the condenser. With a condenser absolute pressure 
of one in. Fig, 7.5 deg F of subcoolmg results in a gas- 
vapor temperature of 71.5 F and a vapor content of ap- 
proximately 2.2 ibm of water vapor for every Ibm of air. 
A typical liquid-ring type condenser exhausting pump re- 
moves air and vapor from the condenser at essentially a 
constant volumetric rate. Because of the increase in the 
density of air with pressure, the mass flow rate through 
the pump, therefore, increases with the condenser's abso- 
lute pressure. 

The amount that a liquid-ring vacuum pump's suction 
pressure can be reduced is limited by the vapor pressure 
of the liquid compressant, which increases with tempera- 
ture, Because of this relationship, sealing water separated 
from the gas that has been discharged by a condenser 
exhausting pump is generally cooled in a heat exchanger 
before being returned to the unit. In some installations 
only a portion of the cooled water is returned to the 
pump's casing, with the remainder being injected directly 
into the inlet line. This cools the gas and water-vapor 
mixture being removed from the condenser, and reduces 
the vapor content of this mixture before it enters the 
pump. 


PUMPS, COMPRESSORS, BLOWERS, AND EJECTORS 


515 


Freshwater-drain-collecting tank transfer . Uncon- 
taminated fresh water that drains from various low-pres- 
sure sources to the freshwater- or atmospheric-drain-col- 
lecting tank (FWDCT) is often transferred to the DFT by 
a pump, The temperature of the water within this tank is 
typically at approximately 212 F; therefore, the NPSH 
available to the pump is equal only to the elevation of the 
water level in the tank above the standard datum, less 
losses within the suction line. Due to the limited NPSHA, 
electric- mo tor-driven centrifugal pumps that are similar in 
configuration and design to the pumps used for auxiliary 
condensate service are frequently used to transfer water 
from the drain-collecting tank. In addition, on some ves- 
sels volute-type sump pumps that are submerged directly 
within the drain-collecting tank are used in this applica- 
tion. Typical conditions of service for FWDCT transfer 
pumps include capacity ratings in the range of 50 to 150 
gpm at total heads up to 275 ft. To maintain the desired 
water level within the dram-collecting tank, the FWDCT 
transfer pump's driver is generally cycled on and off as 
needed by a float switch that is mounted inside the tank. 

Main feed . The function of a main feed pump, which 
often receives water either directly or through a booster 
pump from the DFT, is to return feedwater back to the 
steam drum in the boiler or the steam generator. The 
discharge pressure developed by the feed pump must, 
therefore, be sufficient to overcome losses in its discharge 
line, raise the feedwater to the required elevation, and 
overcome the pressure within the boiler or steam genera- 
tor, which is typically in the range of 450 to 1500 psig. 
The total feedwater requirement is sometimes handled by 
only one pump, or the load may be shared by two or more 
partial-capacity feed pumps that operate in parallel With 
either arrangement, additional pumps are also frequently 
provided for standby duty. Typical feed pump capacity 
ratings range from 300 to 2000 gpm. 

Feed pumps are often driven at speeds of 4500 to 9000 
rpm by auxiliary steam turbines. A steam turbine drive 
offers the advantage of variable-speed capability. Al- 
though it is not as common, alternating-current induction 
type electric motors are also sometimes used to drive feed 
pumps; however, unless a step-up gear is used, the maxi- 
mum operating speed for this type of a driver is typically 
limited to approximately 3600 rpm. Motor-driven feed 
pumps, therefore, must generally have more stages or 
larger impellers than comparably rated turbine-driven 
units. The larger rotating assembly used with the slower- 
speed pump also results in the need for a casing that is 
both longer and larger in diameter. 

Typical marine main feed pump configurations include 
the following: 

* Single- and two-stage radially split casing pumps 
that have single-suction impellers and are dose coupled 
to steam turbines. 

* Two-, four-, and six-stage axially split casing volute 
pumps, that, as shown in Fig. 11, have single-suction im- 
pellers and are flexibly coupled, generally to steam tur- 
bines. 

* Two- and three-stage axially split casing volute 
pumps that have a double-suction first-stage impeller and 


single-suction impellers in the remaining stages. Al- 
though these pumps can be flexibly coupled to their driv- 
ers, which are typically steam turbines, in some units the 
rotating parts for both the pump and turbine are mounted 
on a common shaft. 

* Multistage diffuser-type radially split, as shown in 
Fig. 7* or axially split casing pumps that are flexibly cou- 
pled to steam turbines or electric motors. 

Although turbine-driven feed pumps are generally 
mounted horizontally, motor-driven pumps are furnished 
in both horizontal and vertical configurations. In addition, 
when the feed pump is motor-driven, external support for 
its shaft is often provided by grease-lubricated antifric- 
tion bearings. Smaller turbine-driven feed pumps may 
also have ball or roller bearings; larger-sized turbine- 
driven units, however, frequently have a til ting-pad thrust 
bearing and sleeve-type line bearings. Because of the high 
operating speeds of turbine-driven feed pumps, their ex- 
ternal bearings are generally lubricated with oil. This oil is 
frequently supplied by the same system used for turbine 
bearing lubrication. During normal operation the oil is 
removed from a reservoir tank, which is often built into 
the feed pump's baseplate, and is transferred to the bear- 
ings by a rotary pump that is geared to the turbine's 
shaft. A separate motor-driven rotary pump may also be 
provided to lubricate the pump and turbine bearings prior 
to start-up and during low-speed operation. 

Many feed pumps rely on packed stuffing boxes for 
shaft sealing. To reduce the pressure of the feedwater 
being contained by the packing, the base of each stuffing 
box is frequently fitted with a multiple labyrinth-type 
breakdown bushing. A leak-off connection piped back to 
suction may be included to further reduce the pressure of 
the feedwater in the stuffing box. To reduce the tempera- 
ture at the packing, the stuffing boxes also often include 
external jackets through which cooling water is circu- 
lated. Mechanical seals have limited usage in marine main 
feed pumps. In lieu of packing or mechanical seals, some 
feed pumps are fitted with condensate injection seals. 
Each of these “packless stuffing boxes" contains either a 
stationary serrated labyrinth- type fixed breakdown bush- 
ing or a series of spring-loaded floating rings that are 
stacked axially. With both arrangements, a close radial 
clearance is maintained between the stationary sealing 
elements and the rotating shaft or sleeve. Cool water 
diverted from the discharge of the condensate pump is 
introduced centrally into the seal. A small portion of this 
water may flow into the pump. The remainder, however, 
flows outward into a collection chamber that is piped back 
to the condenser. 

With a constant-speed driver, the feed pump's capacity 
is controlled by the throttling action of the feedwater 
regulating valve. However, if multiple partial-capacity 
feed pumps are used, the amount of valve throttling can 
be reduced by starting and stopping pumps as needed. 
When a feed pump is driven by a steam turbine, its op- 
erating speed is frequently adjusted with either a con- 
stant-pressure or a constant-differentia l-pressure gover- 
nor. A constant-pressure governor automatically adjusts 
the pump's speed to maintain a constant pressure at the 
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inlet to the feedwater regulating valve* If there is a reduc- 
tion in steam plant load and the valve begins to close, 
which shifts the system head curve to the left, the feed 
pump will initially respond by delivering a lower capacity 
of feedwater at a higher pressure. However, as shown in 
Fig. 40(a), the constant-pressure governor will reduce the 
pump's speed to maintain a discharge pressure equal to 
the set point, and less throttling of the feedwater regulat- 
ing valve will be required* When the turbine has a con- 
stant-differential-pressure governor, the feed pump's 
speed is automatically adjusted to maintain a constant 
differential pressure across the feedwater regulating 
valve. With this type of a governor* changes in the capac- 
ity delivered by the feed pump result primarily from varia- 
tions in operating speed. Therefore, as shown in Fig. 4G(fe), 
very little throttling of the feedwater regulating valve is 
necessary. On nuclear-powered vessels the pressure 
within the steam generator often increases at low loads. 
The resulting system head requirement can increase with 
reductions in capacity and reach its peak value at shutoff. 
The feed pumps used must, therefore, be sized to not only 
develop the required total head at the rated capacity, but 
to also develop sufficient head at low flow rates* This^can 
be accomplished in cases where the system head curve is 
steeper than the head-capacity curve for the feed pump by 
using a variable-speed driver and increasing the pump's 
speed as the capacity delivered is reduced, or by sizing 
the pump to develop the required low-flow head and then 
throttling the feedwater control valve as necessary when 
operating at higher flow rates* 


The feedwater stored within the DFT is at its saturation 
temperature; therefore, neglecting the velocity head 
within the DFT and assuming that a feed booster pump 
is not used* the NPSH available to the typical feed pump 
is equal only to the elevation of the water level in the DFT 
above the standard datum, less losses within the pump's 
suction line. Based on the available NPSH and on the 
capacity being delivered, the pump's maximum operating 
speed is often limited by the suction specific speed of 
its first-stage impeller. To enable the pump's maximum 
operating speed to be increased* S values exceeding 12,000 
have been used in some feed pump designs. In addition to 
considering NPSH A during steady ’State operation, the 
NPSH available to the feed pump during transient condi- 
tions should also be considered. For example* if the DFT is 
partially heated with steam extracted from the propulsion 
turbines, a reduction in plant load can result in reductions 
in the temperature and pressure within the DFT. A similar 
effect can result from a sudden increase in the flow rate 
of cool condensate entering the DFT. In both situations 
the reduction in the DFTs pressure is transmitted directly 
to the feed pump's inlet. The temperature of the feedwa- 
ter already in the pump's suction line, however, is not 
reduced* Therefore, until the suction line is evacuated, 
there is a reduction in the NPSH available to the pump* 
The magnitude of this reduction in NPSHi^, which can be 
estimated using equations included in reference 2, in- 
creases as the DFT's internal volume and pressure and 
the volume within the feed pump's suction piping increase. 
To prevent problems from occurring during operation 
with transient conditions, a safety margin must fre- 
quently be provided between the steady-state values of 
NPSHA and the feed pump's NPSH requirements. 

To prevent operation at excessively low capacities, 
which can lead to a rapid increase in the temperature of 
the water within the pump, a bypass line is generally 
provided from the feed pump's discharge to the DFT* In 
some installations the bypass is fitted with either a single 
or a multiple pressure-reducing orifice that continuously 
recirculates feedwater back to the DFT* With this ar- 
rangement, however, the recirculation flow rate must be 
added to the net capacity required when the feed pump is 
sized* To eliminate the need to oversize the feed pump, on 
some vessels an automatic control valve that opens only 
at low flow rates is installed in the bypass line. To protect 
the feed pump from operating with too low a suction pres- 
sure, which can result in excessive cavitation, a low-suc- 
tion-pressure trip is often provided to stop the pump's 
driver if the suction pressure drops below a preset value* 

In-port feed In addition to main feed pumps, smaller- 
capacity pumps are also installed on some vessels for use 
in port when the demand on the steam plant is low* The 
use of an "in-port” feed pump eliminates the need to oper- 
ate the larger main feed pumps at very low partial capacit- 
ies. Motor-driven reciproeating-type power pumps rated 
to deliver capacities less than 100 gpm are often used for 
in-port feed service. Motor- and steam-driven reciprocat- 
ing pumps have also been installed on some vessels to 
serve as backup units in the event of a main feed pump 
failure. 
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Feed booster. On some vessels a booster pump is used 
to increase the pressure of the feedwater before it enters 
the main feed pump. Because the booster pump and the 
main feed pump operate in series, they must be sized to 
handle the same capacity. However, the total head devel- 
oped by the booster pump is typically less than 200 ft. The 
booster pump can, therefore, be driven at a much lower 
speed and, for a given suction specific speed, will require 
less NPSH than the main feed pump* In addition, due to 
the increase in the NPSH available to the main feed pump, 
the use of a booster pump enables a feed pump with a 
higher operating speed or a lower suction specific speed 
to be used* 

Typical configurations used for feed booster service 
include single- and two*stage vertically mounted centrifu- 
gal pumps. Operating speeds are generally limited to 1800 
rpm. Many of these pumps are flexibly coupled to electric 
motors or steam turbines with reduction gears; however, 
some motor-driven single-stage units are furnished in a 
close-coupled configuration. Either a mechanical seal or a 
water-cooled packed stuffing box is typically provided for 
shaft sealing* 

Main circulating . A main circulating pump takes suc- 
tion from the vessel's sea chest and discharges seawater 
through the tubes in the main condenser* The capacity 
delivered by this pump is often in the range of 5000 to 
30*000 gpm at total heads from 10 to 40 ft* High-capacify 
circulating pumps are frequently driven at speeds not 
exceeding 900 rpm by either steam turbines with reduc- 
tion gears or electric motors. Although some main circu- 
lating pumps are mounted horizontally, it is more common 
for vertical units to be used* Typical main circulating 
pump configurations include the following: 

• Single-stage axial-flow propeller pumps, such as the 
one shown in Fig* 41. This type of a pump is often fur- 
nished with an axially split casing that is fitted with a 
removable multi-vaned diffuser on the discharge side of 
the propeller. The pump's casing may also have a replace- 
able liner so that the close radial clearance between the 
casing's inner wall and the tips of the propeller's vanes 
can be periodically renewed* With the overhung shaft ar- 
rangement that is typically used, only one shaft seal is 
required at the drive end of the casing. Radial shaft loads 
are generally absorbed by an internal sleeve bearing lo- 
cated above the propeller. Many pumps, however, do not 
include thrust bearings, and must, therefore, be rigidly 
coupled to their drivers. In addition to the main suction 
flange, which is connected to the sea chest, some casings 
include an auxiliary side suction connection that enables 
the circulating pump to be used to remove water from the 
vessel’s bilges. 

• Single-stage mixed-flow pumps that have either a 
semiopen or, as shown in Fig. 42, a closed end-suction 
impeller* Both axially and radially split casings that in- 
clude a volute or a multi-vaned diffuser are used with 
these pumps. Although the pump shaft may be supported 
in a fashion similar to that used for the propeller-type 
units, in some mixed-flow pumps the shaft is, instead, 
supported by external grease lubricated antifriction line 
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Fig. 41 Axial-flow circulating pump 


and thrust bearings, which enables it to be flexibly cou- 
pled to the shaft of the driver* In addition* some smaller 
pumps are furnished in a close-coupled configuration. 

* Radial-flow pumps with a single-stage double-suc- 
tion impeller (see Fig. 13). These pumps are usually fur- 
nished with an axially split volute-type casing. The pump's 
shaft is typically supported at each end by an externally 
mounted grease lubricated antifriction bearing. It is also 
generally flexibly coupled to the shaft of the driver. Be- 
cause of the outboard bearing, with this configuration 
two shaft seals are required. 

If the vessel has a scoop injection system, the main 
circulating pump will generally be required to operate 
only at low vessel speeds. With this arrangement the cir- 
culating pump, therefore, operates intermittently. Be- 
cause much of the operation occurs while the vessel is in 
shallower water, the liquid passing through the pump 
often contains silt, sand, and other abrasives* For this 
reason, in many circulating pumps packed stuffing boxes 
are used for shaft sealing* In addition, internal sleeve 
bearings that are lubricated by water being discharged 
from the pump are often furnished in abrasion-resistant 
grades of rubber or composite materials in lieu of stan- 
dard bearing bronze* As an alternative to using the 
pumped liquid for lubrication, some internal bearings are 
lubricated with either grease or clean water supplied 
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Fig, 42 Mixed* ftaw circulating pump 


through an external connection in the circulating pump's 
casing. 

Auxiliary circulating. Auxiliary circulating pumps 
supply cooling water to the smaller condensers that are 
frequently provided to receive steam exhausted from the 
vessel's turbogenerators. These pumps, which are often 
rated to deliver capacities in the range of 1500 to 15,000 
gpm and develop total heads up to 35 ft, can be similar 
in design to the radial-flow main circulating pumps. In 
addition, in some lower-capacity applications, end-suction 
radial-flow pumps with radially split volute-type casings 
are used. 

Fuel-oil service , On vessels with oil-fired boilers, two 
or more pumps receive fuel oil from either the high-suc- 
tion or the low-suction ports in the fuel -oil service (set- 
tling) tanks and discharge it to the burner manifold in the 
boiler. Prior to reaching the burner manifold, the fuel oil 
discharged from the service pumps often passes through 
a heater, a strainer, and a pressure-reducing valve. Each 
pump used is generally capable of handling 100% of the 
boiler's full-load requirements, with the additional units 
serving as backup. Horizontally and vertically mounted 
rotary pumps, often of the gear or multiple-screw t^fpe, 
are generally used in this application. Many of these 
pumps are driven by steam turbines. However, to enable 
fuel oil to be pumped prior to plant start-up, most vessels 
also have at least one motor-driven pump. Typical condi- 
tion s of service in this application include capacity ratings 
in the range of 15 to 40 gpm at discharge pressures up to 
350 psig. The viscosity of the oil pumped is frequently in 


the range of 450 to 8000 SSU. Inlet conditions to a fuel- 
oil service pump, which vary with the level of the fuel oil 
in the sendee tanks, can often range from a flooded suc- 
tion to a total suction lift as high as 20 in. Hg. 

Changes to the capacity delivered by a rotary fuel-oil 
service pump can be made by varying the pump's op* 
erating speed, which is possible when the pump is driven 
by a steam turbine or by a multispeed electric motor. 
However, even during constant-speed operation, the 
amount of fuel oil actually supplied to the boiler’s burners 
can generally be regulated by recirculating any excess oil 
delivered to the burner manifold back to the inlet side of 
the pump. 

A separate rotary type "cold boiler starting'' fuel-oil 
pump is also installed on many vessels to supply light fuel 
oil to the boiler during plant start-up. These pumps are 
often rated to deliver capacities of less than 10 gpm at 
discharge pressures up to 150 psi, and are generally 
driven by electric motors. 

Fuel-oil transfer. A fuel-oil transfer pump is used to 
transfer fuel Oil from the vessel's storage (bunker) tanks 
to the service tanks. Pumps used in this application in- 
clude horizontally and vertically mounted rotary units 
similar in configuration to those used for fuel-oil service, 
as well as rotary pumps that are submerged directly 
within the fuel-oil storage tank and are driven through 
vertical line shafting by motors located above the tank. In 
addition, motor-driven (power) and steam-driven (direct- 
acting) reciprocating piston pumps are also sometimes 
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used in this application. Fuel-oil transfer pumps are typi- 
cally rated to deliver capacities up to 750 gpm at a dis- 
charge pressure of 100 psig. They must often be suitable 
for operation with a total suction lift as high as 20 in. Hg, 
and can be used to pump oil with a viscosity as high 
as 8000 SSU. The capacity delivered by a steam-turbine- 
driven rotary or direct-acting reciprocating fuel-oil service 
pump can be adjusted by varying the pump's operating 
speed. To enable the capacity delivered by motor*driven 
pumps to also be changed, the motors used often have 
multiple operating speeds. 

Lubricating oil. Lubrica ting-oil service (LOS) pumps 
take suction from the lubricating-oil sump tank and dis- 
charge oil, typically through a strainer and a cooler, either 
to an overhead gravity tank or directly to the main propul- 
sion machinery. Multiple-screw, gear, and vane pumps 
that are mounted either horizontally or vertically are of- 
ten used in this application. Vertical LOS pumps are some- 
times submerged directly within the lubricating-oi] sump 
tank. Most vessels are fitted with two or three LOS pumps 
with at least one usually driven by an electric motor; how- 
ever, the remaining pumps may be driven by steam tur- 
bines, off the main propulsion reduction gears, or off the 
propeller shaft. LOS pumps are frequently rated to de- 
liver capacities as high as 550 gpm at discharge pressures 
from 60 to 80 psig. Many pumps must be suitable for 
operation with suction lifts in the range of 10 to 15 in. Hg 
while pumping oil with a viscosity of 130 to 500 SSU and 
an air entrainment of 2 to 5%. 

In addition to the LOS pumps, similar units are also 
often furnished to circulate lubricating oil through a puri- 
fier, transfer it from the main storage tanks to settling 
tanks, and deliver it to smaller tanks in various locations 
throughout the vessel where the oil is stored for use in 
auxiliary components. 

Boiler hydro test and chemical feed . Motor-driven 
plunger pumps are often used to pressurize the water and 
steam side of the boiler during hydrostatic testing, and to 
inject chemicals into the boiler. These units are generally 
mounted horizontally and are rated to deliver capacities 
in the range of 2 to 25 gpm at discharge pressures up to 
2000 psig. Because these power pumps generally operate 
at speeds below 600 rpm, they are typically coupled to 
their drive motors through gear reducers or with sheaves 
and multi- V belts. 

Con ta mina ted-evapo rator feed . Conden s ate retu rn ed 
from heat exchangers in which fluids that could contami- 
nate the main steam system are heated is often collected 
in the contaminated-drain-inspection tank. Many vessels 
have electric-motor-driven centrifugal or regenerative 
turbine pumps that are used to transfer the condensate 
from the inspection tank to a contaminated evaporator. 
Volute-type sump pumps that are submerged directly 
within the inspection tank are also sometimes used in this 
application. Typical conditions of service for contaminat- 
ed-evaporator feed pumps include capacity ratings in the 
range of 15 to 50 gpm at total heads up to 350 ft. An 
automatic throttle valve is generally installed in the con- 
taminated-evaporator feed pump's discharge line, and en- 
ables the pump to operate continuously and still maintain 


a constant water level within the evaporator. To prevent 
the pump from operating at too low a capacity, a bypass 
is connected to its discharge line through which a portion 
of the water being pumped is recirculated back to the 
inspection tank. 

Nuclear reactor primary loop . The main coolant 
pumps In the primary loop of a pressurized-water nuclear 
reactor typically take suction from the steam generators 
and return water to the reactor vessel. Vertically mounted 
motor-driven single-stage centrifugal pumps are gener- 
ally used in this application. In some of these units the 
pump's shaft is rigidly coupled to that of the drive motor 
and relies on the motor's thrust bearing for axial support. 
Radial support for the pump's shaft, however, is fre- 
quently provided by an internal water-lubricated journal 
bearing. To reduce the potential for leakage from the 
casing, special water-cooled shaft seals are often installed 
in these coupled pumps. In addition, to eliminate the need 
for a shaft seal, hermetically sealed canned motor pumps 
are sometimes used in reactor coolant service. 

Other pumps frequently furnished for applications as- 
sociated with pressurized-water reactors include motor- 
driven reciprocating plunger-type charging pumps that 
are used to fill and pressurize the primary" loop, centrifu- 
gal pumps that supply cooling water to various reactor 
components, such as the bearings and seals in the main 
coolant pumps and motors, and canned motor pumps that 
circulate a portion of the water in the primary loop 
through a purifier [2]. 

b. Diesel engine pro puls ion -related pump applica- 
tions. 

Fuel-oil booster. Fuel-oil booster (or supply) pumps 
take suction either directly from the fueloil daily sendee 
tanks or from a separate fuel-oil mixing tank and dis- 
charge fuel, through a heater and a filter, to the propul- 
sion engine's injection pumps. Many vessels have two mul- 
tiple-screw- or gear-type fuel-oil booster pumps that are 
each capable of supplying approximately 2.5 times the 
engine's full-power fuel requirements. Although both of 
these pumps may be driven by electric motors, one pump 
is frequently driven off the engine when a medium- or 
high-speed engine is used. Typical conditions of service 
for fuel-oil booster pumps include capacity ratings in the 
range of 15 to 65 gpm at discharge pressures from 60 to 
160 psig. The viscosity of the oil being pumped can vary 
from approximately 40 SSU for diesel oil to over 4000 SSU 
for heavy fuel oils. 

The engine's injection pumps are generally cam-oper- 
ated variable-stroke or variable-effective-stroke plunger- 
type units and are sometimes an integral part of the en- 
gine s injectors. Excess oil delivered to the injection 
pumps is recirculated back to the service or mixing tank. 

Fuel-oil transfer. Multiple-screw and gear pumps are 
often used to transfer fuel oil from a vessel's storage 
(bunker) tanks to the fuel-oil settling tanks. Many diesel- 
powered vessels are fitted with two transfer systems: one 
for heavy fuel oil and a second for diesel oil Separate 
transfer pumps are generally provided for each system. 
Fuel-oil transfer pumps, which are frequently driven by 
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two-speed electric motors, are often rated to deliver capac- 
ities in the range of 50 to 425 gpm at discharge pressures 
from 35 to 150 psig. In some installations the pumps are 
submerged within the storage tanks and are driven 
through vertical line shafting by motors located above the 
tank. 

Additional positive-displacement pumps are generally 
used to transfer fuel-oil from the settling tanks to the 
daily service tanks. These pumps may be driven by inde- 
pendent electric motors, or they may be attached to the 
purifiers that the fuel-oil passes through before reaching 
the service tanks. Some vessels also have pumps that are 
used to transfer fuel oil from the daily service tanks to a 
separate mixing tank. 

Lubricating ail Two or more lubricating-oil circulating 
pumps are generally used to remove lubricating oil from 
a sump or drain tank located below the main engine and 
return the oil, through a cooler and filters, to the engined 
bearings, to the governor, and, in some cases, to the en- 
gine's turbocharger. Although vertically or horizontally 
mounted multiple-screw and gear pumps are often used 
in this application, multistage vertical turbine pumps that 
are submerged within the lubricating-oil drain tank and 
centrifugal pumps have also been used. Typical conditions 
of service for lubricating-oil circulating pumps include 
capacity ratings in the range of 400 to 2400 gpm at dis- 
charge pressures from 50 to 110 psig while handling oil 
with a viscosity of 130 to 600 SSU and an air entrainment 
of 2%. Lubricating-oil circulating pumps for low-speed 
engines are driven by electric motors. With a medium- or 
high-speed engine, however, one of the pumps is fre- 
quently driven off the engine. 

With a crosshead-type engine, a portion of the oil dis- 
charged from the lubricating-oil circulating pumps is of- 
ten supplied to the inlet side of two or more lower-capacity 
rotary-type booster pumps* The high-pressure oil dis- 
charged from these smaller pumps is used to lubricate 
the engine's crosshead bearings. Separate pumps are also 
sometimes used to transfer oil for cylinder lubrication 
to a measuring tank that feeds mechanical plunger-type 
lubricators mounted on the engine. Depending on the de- 
sign of the engine, additional rotary-type pumps may be 
used to supply lubricating oil to specific engine compo- 
nents, such as the camshaft bearings. Furthermore, on 
vessels with medium- or high-speed propulsion engines, 
rotary pumps are generally used to deliver lubricating oil 
to the reduction gears. Typical capacity and discharge 
pressure ratings for these applications range from 100 to 
300 gpm at 175 to 230 psig for crosshead-oil pumps, 5 to 

10 gpm at 30 psig for cylinder-oil transfer pumps, 10 to 
60 gpm at 60 to 150 psig for camshaft-oil pumps, and up 
to 200 gpm at 25 to 65 psig for reduction -gear-oil pumps. 

Positive displacement pumps are generally used t<f cir- 
culate lubricating oil through purifiers* Although these 
pumps may be attached to the purifiers, some vessels 
have independent electric-motor-driven pumps* Electric- 
motor driven pumps are also used to transfer lubricating 

011 from the main storage tanks to the settling tanks and 
to transfer unusable oil ashore. Typical conditions of ser- 
vice for lubricating-oil transfer pumps include capacity 


ratings in the range of 10 to 65 gpm at discharge pres- 
sures from 20 to 70 psig. On some vessels, an additional 
rotary-type “scavenging pump 11 is used to transfer lubri- 
cating oil that drains into the engine's crankcase to a 
separate sump or drain tank. 

Engine cooling water. Fresh water is typically used 
to cool the main engine's cylinders and cylinder heads. 
Duplicate horizontally or vertically mounted single-stage 
centrifugal pumps are frequently provided to circulate 
the water through the engine, its turbochargers, when 
they are freshwater cooled, a cooler, and, in some cases, 
an evaporator (where heat from the water is used for 
freshwater generation). Although these pumps are often 
called the jacket-water cooling pumps, on vessels fitted 
with a central cooling system they may be referred to 
as the high-temperature-freshwater cooling pumps* An 
elevated expansion tank in the system maintains a positive 
suction h^ad to the pumps. When a low-speed engine is 
used, both* jacket-water cooling pumps are driven by elec- 
tric-motors. With a medium- or high-speed engine, how- 
ever, one pump may be driven off the engine. 

Some crosshead-type engines have an independent 
freshwater system for piston cooling. Although the 
pumps that circulate the piston-cooling water may be simi- 
lar in configuration to the jaeket-water cooling pumps, 
sump pumps and vertical turbine pumps that are sub- 
merged within the piston-cooling-water drain tank are 
sometimes used* Additional centrifugal pumps may also 
be provided to circulate fresh water through a third circuit 
that cools the engine's fuel valves or injectors, A separate 
elevated expansion tank maintains a positive suction head 
to the fuel-valve-cooling-water pumps* Piston-eooling-wa- 
ter pumps and fuehvalve-cooling-water pumps are gener- 
ally driven by electric motors. Typical capacity and total 
head ratings in engine-cooling-water applications can 
range from 375 to 2500 gpm at 65 to 130 ft for jacket- 
water-cooling pumps, 150 to 800 gpm at 140 to 190 ft for 
piston-cooling-water pumps, and 15 to 70 gpm at 100 to 
165 ft for fuel-valve-cooling-water pumps. 

Two or three separate centrifugal pumps are frequently 
provided to supply seawater to heat exchangers used to 
cool the fresh water that is circulated through the main 
engine. Seawater may also be circulated through the en- 
gine's lubricating-oil and air coolers when these heat ex- 
changers are not freshwater cooled* Typical conditions of 
sendee for main-engine seawater pumps include capacity 
ratings up to 6000 gpm at total heads in the range of 30 to 
100 ft* Although these pumps are often driven by electric 
motors, a medium* or high-speed engine may be fitted 
with an attached seawater pump. 

Waste-heai and auxiliary boilers. On many diesel- 
powered vessels, the exhaust gas from the engine is used 
to generate steam in a waste-heat boiler. Centrifugal-type 
condensate and feed pumps are generally required to 
transfer water from the condenser used in this system 
back to the boiler. In addition, depending on the configura- 
tion of the waste-heat steam system used, boiler circulat- 
ing pumps may also be required. Motor-driven one- and 
two-stage centrifugal and regenerative turbine pumps 
that are mounted horizontally or vertically are often used 
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in these applications. Similar pumps, together with rotary- 
type fuel-oil pumps, are also required if the vessel has an 
auxiliary oil-fired boiler that is used to generate steam. 

c. Gas turbine propulsion-related pump applica- 
tions. 

Fuel oil Fuel oil is delivered to a gas turbine's combus- 
tion chambers by the fuel-oil service pumps. Rotary gear 
pumps that are driven off the gas turbine are generally 
used in this application. Separate rotary-type booster 
pumps that take suction from the fuel-oil service tanks 
and deliver the gas turbine's fuel oil, through filters and 
a heater, to the fuel-oil service pumps are also often pro- 
vided. The fuel-oil booster pumps are generally driven 
by two-speed electric motors. Additional electric-motor- 
driven rotary pumps are required to transfer fuel oil from 
the vessel's storage tanks to the service tanks* The oil 
discharged from the fuel-oil transfer pumps usually pas- 
ses through a purifier before entering the service tanks* 

Lubricating oil. The gas turbine's lubricating-oil 
pumps take suction from the vessel's main lubricating-oil 
reservoir and deliver synthetic oil to the gas turbine's 
bearings* The main lubricating-oil pumps are typically ro- 
tary gear-type units that are driven off the gas turbine. 
Electric-motor-driven auxiliary pumps, however, may also 
be provided for use during plant start-up or cooldown 
and as backup to the main pumps. On many vessels an 
additional rotary-type pump, sometimes referred to as 
the scavenging pump, circulates oil that drains from the 
turbine's bearings through a cooler and filters, and re- 
turns the oil to the main lubricating-oil reservoir. 

Separate rotary screw pumps generally circulate min- 
eral oU through an independent system used for reduction 
gear lubrication. This oil is also used as the cooling me- 
dium in the gas turbine's lubricating-oil cooler. One of the 
reduction gear lubricating-oil pumps is typically driven 
off the reduction gears; the remaining pumps, however, 
are driven by electric motors. Additional rotary pumps 
are also used to circulate the vessel s various lubricating 
oils through purifiers and to transfer lubricating oils from 
storage tanks to locations throughout the vessel. 

Waste-heat and auxiliary boilers. Waste-heat boilers 
are installed on some gas-tarbine-propelled vessels so that 
the hot gases exhausted from the turbine can be used 
to produce steam. Auxiliary oil-fired boilers may also be 
installed on these vessels* The pumps used with these 
boilers are similar to those used with waste-heat and auxil- 
iary boilers installed on diesel-powered vessels. 

d. General non-propulsion-related pump applica- 
tions* 

Fire. Fire pumps, whieh take suction from the sea chest 
and deliver seawater to the vessel's fire mains and hoses, 
are often rated to deliver capacities in the range of 150 to 
4000 gpm at discharge pressures from approximately 100 
to 185 psig. The actual capacity and pressure ratings for 
a specific installation are based on the number of hoses 
and the pressure required at the farthest hose. Multiple 
pumps are typically installed at various locations through- 
out the vessel so that adequate backup capacity will be 
available during an emergency. Pump configurations 
commonly used for fire service include the following; 


* Horizontally and vertically mounted single-stage 
centrifugal pumps that have an axially split casing and 
a double-suction impeller (see Fig. 13)* The impeller is 
centered on a shaft that is supported at each end by exter- 
nal grease-lubricated ball bearings or internal sleeve bear- 
ings. These pumps are generally driven by electric motors, 
steam turbines, or diesel engines at speeds that range 
from approximately 1800 to 3600 rpm. 

* Axially split casing centrifugal pumps similar to 
those described above, except that the pump's rotor in- 
cludes two single-suction impellers* The use of these two* 
stage pumps is generally limited to lower-capacity applica- 
tions for which a single-stage unit would have too low a 
specific speed. 

* Single-stage centrifugal pumps that have a radially 
split casing and an end-suction type impeller* These 
pumps, and the electric motors that typically drive them 
at speeds up to approximately 3600 rpm, are often fur- 
nished in a close-coupled configuration (see Fig. 14)* Close* 
coupled fire pumps, which can be mounted horizontally 
or vertically, are generally used to deliver capacities not 
exceeding 1100 gpm, 

* Vertical turbine pumps are used for installations in 
which the fire pump impellers must be submerged within 
a tank or cofferdam. The VTP's above-deck driver can be 
a vertical electric motor, or a horizontal motor, a steam 
turbine, or diesel engine that is coupled to the pump's 
shaft through a right-angle gear. Because these pumps 
are seldom operated at speeds above 1800 rpm, they are 
generally furnished with multistage bowl assemblies. 

When possible, fire pumps are generally installed low 
enough in the vessel so that their first-stage impellers are 
flooded. With this arrangement the NPSH available to the 
fire pump is approximately equal to the submergence of 
its impeller below the vessel's waterline plus atmospheric 
pressure, less losses due to friction and turbulence within 
the sea chest and the pump's suction line. Because the 
impeller's submergence can vary with the vessel's list and 
trim conditions, pumps used for fire service should have 
NPSH requirements that are not only less than the normal 
NPSHA, but are also less than the reduced NPSH that 
can be available during emergency conditions. In addition, 
if due to installation constraints the fire pump can operate 
with a suction lift, it must either have the capability to be 
self-priming or be connected to a vacuum priming system. 

Some vessels also carry gasoline-engine-driven portable 
fire pumps. These single-stage end-suction pumps typi- 
cally deliver a capacity of approximately 250 gpm at a 
discharge pressure of 100 psig and are generally driven 
at speeds up to 5000 rpm. To enable the portable pumps 
to be used in areas of the vessel that are above deck, they 
are often fitted with integral vacuum priming pumps* 

As an alternative to fighting fires with water, some 
vessels have systems that enable them to fight fires with 
foams composed of a mixture of foam concentrate, water, 
and air. These systems typically include rotary foam con- 
centrate pumps and centrifugal water pumps. Rotary 
pumps may also be included to pressurize hydraulic fluid 
when it is used to actuate foam distribution monitors. 
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Bilge. Bilge pumps are used to remove liquid that accu- 
mulates on the tank tops and in spaces located throughout 
the vessel Depending on the cleanliness of this liquid, 
it is discharged overboard, or directed to an oily-waste 
collecting tank. In an emergency situation, the bilge 
pumps may also be used to evacuate water from an area 
of the vessel that is flooding due to leakage from a rup- 
tured pipe or component, or as a result of damage to the 
hull Several bilge pumps are typically installed at various 
locations on the vessel. Capacity ratings for these pumps 
are often in the range of 25 to 1000 gpm. 

Horizontally and vertically mounted electric-motor- 
driven centrifugal pumps are frequently used in this appli- 
cation. Due to the relatively low head requirements for 
bilge service, which generally do not exceed 150 ft, these 
pumps are typically single-stage units. In addition, they 
usually have an axially split casing with a double-suction 
impeller mounted between bearings or a radially split cas- 
ing with a single-suction overhung impeller. Smaller radi- 
ally split casing pumps may be furnished in a close-cou- 
pled configuration. Some centrifugal bilge pumps and 
their motors are capable of operating even when sub- 
merged. Coupled submersible pumps often have only 
sleeve-type radial bearings that are either water lubri- 
cated or packed with grease. With this arrangement axial 
loads acting on the pump's shaft are transmitted to the 
motor's thrust bearing through a rigid coupling. 

Because centrifugal bilge pumps typically operate with 
a suction lift, a non-self -priming pump must generally be 
connected to the vessels central priming system or fitted 
with a vacuum priming pump. To eliminate the need for 
a priming pump, self-priming centrifugal pumps are some- 
times used in this application. (Although these units are 
often suitable to operate with the suction lifts required in 
bilge service, due to their limited air-handling capability, 
self-priming centrifugal pumps ean have extended prim- 
ing times when operating in systems with long lengths 
of horizontal suction piping. Their performance should, 
therefore, be carefully analyzed prior to use in a bilge 
system.) Additional alternatives that eliminate the need 
for a priming pump in bilge sendee include the use of 
sump pumps and VTP's (which permits the pump's impel- 
ler to be submerged directly within the bilge), motor-, 
steam-, and air-driven reciprocating piston pumps, rotary- 
vane pumps, and submerged air-driven diaphragm pumps. 
Some electric- motor-driven bilge pumps are automatically 
cycled on and off by float switches that are mounted in 
the bilge suction wells. 

Oily-waste and sludge transfer. In addition to the bilge 
pumps, many vessels have a separate pump that removes 
the oil and water mixture from the bilge system's oily- 
waste collecting tank and discharges it to an oil-^ater 
separator. Additional pumps may also be provided to 
transfer the contents in separated-oil and sludge tanks, 
which can include dirty oil from fuel- and lubricating-oiJ 
purifiers and from the bilge systems oily-water separator, 
ashore or to another vessel. Although rotary-type prog- 
ressing-cavity pumps are often used in these applications, 
sliding-vane, gear, and multiple-screw pumps have also 
been used. Typical conditions of service include capacity 


ratings in the range of 10 to 50 gpm at discharge pres- 
sures from 40 to 100 psig. The viscosity of the fluids 
pumped can vary from 32 to 8000 SSU. 

Ballast Ballast pumps are used to transfer seawater 
into and out of the vessel's ballast tanks. They, therefore, 
can take suction from the sea chest or from ballast tanks 
that are being emptied. In addition, the seawater that is 
discharged by these pumps can be directed to ballast 
tanks or overboard. Horizontally and vertically mounted 
single-stage centrifugal pumps that have an axially split 
casing ana a double-suction impeller mounted between 
bearings are often used in this application. In addition, 
VTP's and reversible axial-flow propeller pumps are 
sometimes used for ballast service. The capacity rating 
for each ballast pump, which is based on the size of the 
vessels ballast tanks, the vessels turnaround time re- 
quirements, and the number of ballast pumps on the ves- 
sel, can ijange from approximately 500 gpm on smaller 
vessels to over 20,000 gpm for the pumps installed on 
large liquid-bulk carriers. The total head that must be 
developed by the typical ballast pump is generally less 
than 150 ft; higher heads can be required, however, from 
ballast pumps that supply motive water to dewatering 
eductors. Drivers used with ballast pumps include electric 
and hydraulic motors, and steam turbines. 

Although a ballast pump generally operates with a 
flooded suction when it takes suction from the sea chest 
or initially begins to empty a ballast tank that is full, as 
the water level in a tank being emptied is reduced, the 
submergence of the pump's impeller and the NPSH avail- 
able to the unit are continuously reduced. For this reason 
ballast pumps generally have relatively low NPSH re- 
quirements. To enable a ]ow NPSH requirement to be 
achieved with a suction specific speed that is not exces- 
sive, ballast pumps frequently operate at speeds not ex- 
ceeding 1800 rpm. In addition, to enable these pumps to 
evacuate their suction lines of air and vapor if suction is 
lost during operation with a suction lift, centrifugal bal- 
last pumps are generally connected to central priming 
systems or, in some cases, to automatic stripping systems. 
To enable the VTFs used in ballast service to take suction 
from multiple locations, they are generally installed in 
suction cans. In addition, because there may be times 
when air or vapor must be removed from the suction cans 
and the suction piping, vertical turbine ballast pumps are 
often fitted with self -priming valves. 

Multiple and general service . On many vessels, the 
same pumps may be used for two or three different appli- 
cations. For example, by changing the valve lineup at the 
pump's suction and discharge manifolds, the same unit is 
often used alternately for either bilge or ballast sendee. 
A single pump may also be used in both the fire and the 
bilge systems. These units, which are sometimes referred 
to as general service pumps, must be designed so that 
they can deliver the capacities and develop the total heads 
required for each of the applications in which they will be 
utilized. To enable a single pump to meet more than one 
rating point, multiple-speed drivers are often furnished 
with these units. 
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Distilling plant Several pumps are used with the dis- 
tilling plants that convert seawater into fresh water. In- 
cluded among them are the following: 

* A distiller feed pump— -is used to supply seawater 
to the distilling plant. This pump must develop sufficient 
head to overcome the friction drop in the heat exchangers 
that the seawater often passes through prior to entering 
the distiller. Distiller feed pumps are typically rated to 
deliver capacities in the range of 20 to 1000 gpm and 
develop total heads up to 200 ft. 

* A brine overboard pump — receives the hot brine 
from the distilling plant and discharges it overboard. 
Brine overboard pumps are often rated to deliver capacit- 
ies in the range of 20 to 1000 gpm at total heads up to 150 
ft 

* A distillate pump — circulates the fresh water being 
produced by the distilling plant through a cooler, and then 
transfers it to the distilled water, potable water, or re- 
serve feedwater tank, or to the bilge if the water's salinity 
content is excessive. Distillate pumps are typically rated 
to deliver capacities in the range from 10 to 500 gpm at 
total heads of 225 ft or less. 

* A feed heater condensate pump— is used in some 
distilling plants to transfer condensate from the seawater 
heater to the vessels condensate system. Pumps used in 
this application are typically rated to deliver capacities up 
to 350 gpm at total heads as high as 200 ft. 

* A distilling condenser circulating pump — is some- 
times used in lieu of the distiller feed pump to circulate 
seawater through the distillate cooler and distiller con- 
denser. Although a portion of the seawater may then be 
discharged overboard, the remainder generally continues 
on to become the distiller's feedwater. Capacity ratings 
for the pumps used in this application can be as high as 
1150 gpm at total heads up to 100 ft. 

* A distiller chemical feed pump— is used to inject 
chemicals into the distiller for acid cleaning. Distiller 
chemical feed pumps are generally rated to deliver capaci- 
ties that are less than 10 gpm. 

* A vacuum pump — is used to evacuate air from some 
types of distilling plants. 

With the exception of distilling-plant vacuum pumps, 
which are generally of the liquid-ring design, the pumps 
used with many smaller distillers are horizontally or verti- 
cally mounted single-stage centrifugal units that have a 
radially split casing and a single-suction overhung impel- 
ler. In addition, in tow r capacity high-head applications, 
such as distiller feed service, regenerative turbine pumps 
are sometimes used. The pumps furnished with these dis- 
tillers may be mounted directly on the distilling plant as- 
sembly, and are often dose coupled to electric motors. 
Similar pumps are frequently used with high-capacity dis- 
tilling plants. However, flexibly coupled centrifugal 
pumps that have an axially split casing and a double- 
suction impeller mounted between bearings are also used 
with some larger distillers. 

Cooling water . Pumps are used in several applications 
to deliver cooling water to various heat exchangers on the 
vessel. Included among these applications are the fol- 
lowing: 


* Seawater cooling pumps— take suction from the ves- 
sels sea chests and circulate seawater through heat ex- 
changers that utilize the water for cooling. The seawater 
is then discharged overboard. On many vessels, the cool- 
ing pumps are called seawater service pumps and distrib- 
ute seawater to a variety of different heat exchangers, 
such as refrigeration and air-conditioning condensers, 
fuel-oil and lubricating-oii coolers, and air coolers. If the 
vessel has a central cooling system, however, the pumps, 
which may be referred to as the main or central seawater 
pumps, circulate seawater through only two or three large 
freshwater coolers. (The fresh water is then distributed 
throughout the vessel for cooling.) Typical conditions of 
service for seawater cooling pumps include capacity rat- 
ings in the range of 500 to 9000 gpm at total heads from 
65 to 100 ft. 

* Freshwater cooling pumps — circulate fresh water 
through the various heat exchangers that utilize the water 
as a cooling medium. Also included in the dosed system 
is a seawater-cooled heat exchanger, which is used to cool 
the fresh water. On a diesel-powered vessel with a central 
cooling system, the fresh water may be circulated through 
two independent cooling systems; a low-temperature sys- 
tem that supplies cooling water to heat exchangers used 
with auxiliaries, and a high-temperature system that is 
used to cool the main engines. Separate pumps are in- 
stalled in each system. Conditions of service for freshwa- 
ter cooling pumps can include capacity ratings in the 
range from 300 to 3350 gpm at total heads of 65 to 140 ft. 

* Air-conditioning-chilled-water (ACCW) pumps — cir- 
culate fresh water through the closed chilled w r ater sys- 
tem, This water, which is cooled by the chillers in this 
vessels air-conditioning system, is distributed throughout 
the vessel and is used to cool the air in temperature-con- 
trolled spaces. It may also be used to cool electronic com- 
ponents. Typical conditions of service for the ACCW 
pumps include capacity ratings that are in the range of 
100 to 1500 gpm at total heads from 65 to 210 ft. 

Horizontally and vertically mounted electric-motor- 
driven single-stage centrifugal pumps are typically used 
in the above applications. They generally have either an 
axially split casing and a double-suction impeller mounted 
between bearings, or a radially split casing and a single- 
suction overhung impeller. 

Potable water : Potable-water pumps are used to trans- 
fer unheated fresh drinking water from the potable-water 
storage tanks to air-charged pressure tanks, or directly 
to sinks, showers, drinking fountains, galley equipment, 
and other outlets throughout the vessel. Each potable- 
water pump may be cycled on and off by a pressure switch 
in the discharge line, or one pump may be operated contin- 
uously while additional backup units are started and 
stopped as needed. Horizontally mounted centrifugal and 
regenerative turbine pumps that have either one or ( in 
some cases, two stages are often used for potable-water 
service. These pumps are generally driven by electric mo- 
tors. In addition, smaller-sized units are frequently fur- 
nished in a close-coupled configuration. Typical conditions 
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of service for potable-water pumps include capacity rat- 
ings in the range of 25 to 350 gpm at total heads from 150 
to 250 ft. 

Hot-water circulating. A hot-water circulating pump 
is used to circulate potable water through a hot-water 
heater. After being heated, this water is directed to sinks, 
showers, and other outlets that require hot water. The 
pump operates continuously and recirculates unused wa- 
ter in the system through the heater so that the water will 
remain hot. Horizontally and vertically mounted electric- 
motor-driven single-stage centrifugal pumps that have a 
radially split casing and a single-suction impeller are gen- 
erally used in this application. Many of the pumps are 
furnished in a close-coupled configuration and deliver ca- 
pacities of 5 to 15 gpm at total heads from 10 to 30 ft. 
Similar pumps may also be used in the vessel's air-condi- 
tioning system to circulate hot water that heats air in 
temperature controlled spaces. Typical conditions of ser^ 
vice in this latter application included rated capacities up 
to 75 gpm at total heads up to 115 ft 

Sanitary . The water closets on some vessels receive 
flushing water from a seawater sanitary system. Al- 
though this water is sometimes supplied through a pres- 
sure-reducing valve from the fire main, it can also be 
transferred from the sea chest by separate sanitary 
pumps. Sanitary pumps are generally horizontally or ver- 
tically mounted single-stage centrifugal units that are 
driven by electric motors. Typical conditions of service for 
these pumps include rated capacities of approximately 50 
gpm at total heads of 80 ft. 

Sewage . Sewage pumps are used to transfer sewage 
from the vessels holding tanks to an above-deck shore 
connection, to an onboard treatment plant, or overboard. 
Horizontally and vertically mounted single-stage centrifu- 
gal pumps that have a radially split casing and an over- 
hung single-suction impeller are often used in this applica- 
tion. Submerged sump-type centrifugal pumps that are 
driven through vertical line shafting by above-tank driv- 
ers are also sometimes used to transfer sewage. Typical 
conditions of service in this application include capacity 
ratings in the range of 50 to 100 gpm at total heads from 
70 to 115 ft. Many of the pumps used are fitted with a 
packed stuffing box for shaft sealing. To reduce leakage, 
grease is often injected into the packing through a lantern- 
ring connection located in the side of the stuffing box. 
When a me chan Seal- type shaft seal is used, a restriction 
bushing must generally be installed at the base of the seal 
cavity to isolate the seal from the sewage being pumped. 
A freshwater flush is also typically supplied from an ex- 
ternal source to cool and lubricate the seal's faces. Sewage 
pumps, which are often driven by electric motors, are 
usually furnished with a special "non-clog" impeller con- 
taining only two or three vanes and a large waterway 
volute casing that can pass the solids and stringy material 
normally found in sewage. In general, however, as the 
size of the solid particles that the pump is designed to 
handle increases, the pump efficiency is reduced. Large 
hand holes are generally provided in the walls of the cas- 
ing to permit internal passages to be cleaned periodically. 


In addition to the sewage transfer pumps just de- 
scribed, in containment systems that rely on a vacuum to 
aid in the removal of waste products from water closets, 
motor-driven liquid-ring- type vacuum pumps are often 
used to reduce the pressure in the sewage holding or 
treatment tanks. Vacuums up to 20 in. Hg are typically 
created in these tanks. In recirculation-type sanitary 
flushing systems, pumps are also required to recirculate 
filtered and treated water or mineral oil from the sewage 
holding tank back to the vessel's lavatories for flushing. 
End-suctkji centrifugal pumps are typically used in this 
latter application. 

Stem tube and strut bearing lubricating oil A stern- 
tube lubrica ting-oil pump is used to circulate lubricating 
oil through the stern tube of a vessel fitted with an oil- 
lubricated stern tube bearing. Similar pumps are also pro- 
vided for oil-lubricated strut bearings. Rotary gear, 
screw, and vane pumps are often used in these applica- 
tions. Typical conditions of service include capacity rat- 
ings in the range of 2 to 5 gpm at discharge pressures 
from 40 to 60 psig. 

Hydraulic fluid. Various types of positive-displace- 
ment pumps are used to pressurize and circulate the fluids 
{usually oils) that drive hydraulically powered machinery. 
These pumps, which are generally driven by either electric 
motors or diesel engines, can be furnished as part of a 
central system that feeds all of the vessel's hydraulically 
driven equipment, or as part of smaller self-contained 
systems that are an integral part of the driven compo- 
nents. Typical components that can be hydraulically 
driven include anchor windlasses, winches, hatch covers, 
steering gear, and cargo unloading equipment Discharge 
pressures developed by hydraulic pumps often are in the 
range of 500 to 4000 psig. 

One or more fixed -displacement rotary-type gear, vane, 
or screw or reciprocating-type power pumps are often 
used in a constant- flow hydraulic system. These pumps 
take suction from a sump or tank and deliver pressurized 
fluid to the various components that are powered by the 
hydraulic system. In a constant-pressure hydraulic sys- 
tem, one or more variable-displacement radial or axial 
rotating-piston pumps are frequently used to circulate 
hydraulic fluid through the system at essentially a con- 
stant pressure. If the capacity delivered by the pump ex- 
ceeds the system's load requirements, the system pres- 
sure will increase and a pressure compensator will reduce 
the pump's stroke and, therefore, the capacity of fluid 
that the pump delivers. Conversely, if the system load 
increases and the system pressure drops, the pressure 
compensator will increase the pump's stroke. Multiple 
fixed-displacement pumps that are cycled on and off as 
needed are also sometimes used in constant-pressure hy- 
draulic systems. 

In addition to the main hydraulic pumps, smaller posi- 
tive-displacement pumps may be used to add makeup fluid 
to the hydraulic system and to control the stroke of vari- 
able-displacement pumps. In some systems, the makeup 
(replenishing) pump, control (servo) pump, and main pump 
have a common driver. 
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Type 


Centrifugal 
(horizontal or vertical) 
Vertical 

turbine (deepwell) 
Submersible 
(hydraulic driven) 
Submersible 
(electric motor driven) 
Rotary 


Table 2 Pumps used for cargo unl oading 

Typical Rated ~~ — 

Capacity, bbi/hr Type Carrier Moat Commonly Installed On 


Main Cargo 


4275 to 56,000 
350 to 10,000 
250 to 3100 
100 to 7500 
850 to 8000 


crude 

multi-petroleum produet/chemical/LPG 

multi-petroleum product/ chemical 

liquefied natural gas /liquefied petroleum 
gas 

crude/high- viscosity product 


Horizontal 

reciprocating (gas-driven) 
Vertical 

reciprocating (steam-driven) 
Rotary 
Diaphragm 


Cargo Stripping 

40 to 70 multi-petroleum product/ chemical 

700 to 2300 crude 

250 to 600 crude 

b elow 350 multi-petroleum product 


e. Cargo unloading. Unlike pumps used in other ap- 
plications, the pumps used to unload liquid bulk cargoes 
must often handle a wide range of petroleum products or 
chemicals with different specific gravities, vapor pres- 
sures, viscosities, and temperatures. In addition, because 
part of the system on the discharge side of a cargo pump 
is formed by the piping and storage tanks at the point of 
delivery, the number of systems in which these pumps 
can operate is limited only by the number of terminals or 
other vessels into which cargo will be transferred. Many 
of the various types of pumps used for cargo unloading, 
together with typical capacity ratings, are listed in Table 
*- As reflected in this table, the capaeitv delivered by a 
cargo pump is generally expressed in barrels per hour, 
where one barrel is equal to 42 gallons. 

The materials used in the construction of cargo pumps 
must be compatible with ail of the fluids that will be 
pumped. This can include not only the cargoes that the 
vessel will carry, but also seawater if the pumps will be 
used to remove slops during cargo tank washing. In addi- 
tion, if fluids that are fl a nun able or explosive will be dis-* 
charged by the pump, components with contacting sur- 
faces should be constructed from non-sparking materials. 

The types of pumps used in cargo service include the 
following: 

Centrifugal cargo pu mps. Generally three or four cen- 
trifugal cargo pumps are installed in “pump rooms’* that 
are located in the lower part of the tank vessel. With this 
arrangement, which is usually found only on crude-oil 
carriers or on vessels that carry a limited number of dif- 
ferent grades of petroleum products, each pump is often 
capable of being used to discharge cargo from any of the 
vessel’s tanks through interconnected suction piping. The 
pumps are typically single-stage units. They are fre- 
quently furnished with a horizontally, as shown in Fig. 
43, or vertically mounted axially split casing and a double- 
suction impeller that is centered between external bear- 
iogs. However, vertically mounted radially split casing 
Pumps, in which the impeller is overhung on the end of a 
cantilevered shaft, have also been used in this application. 
With this latter arrangement, both of the pump's external 
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3 CASING WEARING RING 
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5 STRIPPING CONNECTION 
* THRUST BEARING 
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B LINE BEARING 
f AUXILIARY STUFFING box 

10 SHAFT NUT 

11 MECHANICAL SEAL 

12 IMPELLER WEARING RING 

Fig. 43 Horizontal centrifuge! cargo pump 


bearings are located above the single shaft seal. Explo- 
sion-proof intrinsically safe resistance temperature detec- 
tors are often mounted in each bearing housing and are 
connected to an alarm that sounds if the bearing tempera- 
ture exceeds a preset value. 
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Centrifugal cargo pumps can be driven by steam tur- 
bines, diesel engines, or electric motors. To eliminate the 
need for the driver to be explosion-proof, it is usually 
installed in a separate machinery space adjacent to the 
pump room and is coupled to the cargo pump through an 
intermediate shaft, referred to as a jackshaft. The opening 
in the bulkhead or overhead of the pump room that the 
jackshaft passes through is sealed with a gastight stuff- 
ing box to prevent explosive vapor from entering the 
driver compartment 

A cargo pump's rated total head is generally based 
on a desired pressure at the vessel's discharge manifold, 
referred to as the “rail pressure"; the pressure drop in 
the suction and discharge piping, valves, and fittings; and 
the height of the manifold above the cargo tank bottom. 
The specified rated capacity is based on the number of 
tanks to be emptied at any one terminal, the number of 
pumps available to empty those tanks, and the amount of 
time allowed for the pump-out The maximum capacity 
that can be delivered is often limited by the NPSH avail- 
able to the cargo pump, which is essentially equal to the 
elevation of the liquid level within the cargo tank being 
emptied above the pump's impeller added to the absolute 
pressure within the tank, less the cargo's true vapor pres- 
sure and losses within the suction line. Due to the rela- 
tively high true vapor pressures of many cargoes, the 
pumps are often forced to operate with low values of 
NPSH A, In addition, due to the continuous reduction of 
the liquid level within the tank being emptied, the NPSH A 
will gradually be reduced throughout the pump-out cycle. 
Consequently, low-NPSHR impellers are often installed 
in centrifugal cargo pumps. So that suction specific speeds 
are not excessive, cargo pump operating speeds are gener- 
ally limited to 1800 rpm. 

As the liquid level in a tank being emptied approaches 
the tank bottom, air or inert gas from the tank's atmo- 
sphere will frequently be drawn into the pump's suction 
line before the inlet to the suction tail pipe, also known 
as the strum, is completely uncovered. Therefore, self- 
priming/ stripping systems are often used to increase the 
amount of cargo that can be discharged by centrifugal 
cargo pumps [24]* 

Vertical turbine cargo pumps. On vessels that carry 
a variety of different liquid cargoes, such as multi-petro- 
leum product carriers and chemical carriers, vertical tur- 
bine or deepwell pumps, which are illustrated by Fig. 24, 
are often used for cargo unloading. When the maximum 
degree of cargo segregation is required, a separate VTP 
is installed in each cargo tank. Because the pump's bowl 
assembly is submerged in the cargo that will be dis- 
charged, the need for suction valves and suction piping is 
eliminated. In addition, by providing separate discharge 
piping and manifolds for each pump, the risk of mixing 
cargoes is greatly reduced* With this arrangement, there 
are typically 20 to 40 cargo pumps per ship. Each pump 
is often from 40 to 60 ft in length and is generally driven 
by a vertical electric or hydraulic motor that is mounted 
on top of the discharge head. With some cargoes, the 
driver must be explosion-proof* 


When a lower degree of cargo segregation can be toler- 
ated, such as on liquid-bulk carriers that transport a lim- 
ited number of different cargoes or cargoes that are less 
sensitive to contamination, each VTP is often used to un- 
load several of the vessel’s cargo tanks. Typically, there 
are fewer than 20 pumps per ship when this latter ar- 
rangement is used. Each pump is frequently mounted in 
a suction tank or can that is connected to the ship's cargo 
tanks with suction piping. Automatic self -priming valves 
are ofteji installed on the VTP to enable the pump to 
remove gas and vapor from its suction piping and suction 
can. Because each VTP is used to discharge cargo from 
more than one tank, these pumps typically are larger in 
diameter and require larger drivers than the vertical tur- 
bine pumps installed with an individual pump/tank ar- 
rangement. In addition, although many of the vertical 
turbine pumps used to discharge cargo from multiple 
tanks fy&ve vertical drivers, some are driven through 
right-angle gears by horizontal motors, steam turbines, 
or diesel engines. 

With some cargoes the use of single shaft seals is suit- 
able. W r hen the VTP will handle explosive petroleum prod- 
ucts or chemicals, however, the use of a double sealing 
arrangement is often required. Additional static shaft 
seals are also frequently used to prevent gas and vapor 
that may be in the cargo tank from escaping through the 
stuffing box while the pump's packing or mechanical seals 
are being replaced* 

Vertical turbine pumps used for cargo unloading can 
handle fluids with a wide range of temperatures. For ex- 
ample, it is not uncommon for lube oils, waxes, and other 
viscous cargoes to be heated, often to temperatures that 
exceed 160 F. With some cargoes, such as molten sulfur, 
steam or a heated liquid may even be circulated through 
jackets that surround the discharge head and the bowl and 
column assemblies to prevent the cargo from solidifying 
within the pump* Furthermore, VTP's are sometimes used 
to discharge cryogenic cargoes, such as liquefied petro- 
leum gas, which can be cooled to a temperature of —60 
F. 

The fluid contained within the discharge head, column, 
and bowl assembly of a conventional VTP will drain from 
the pump when the driver is stopped* Several systems 
have been developed that enable this liquid to be removed 
from a vertical turbine cargo pump after the pump-out 
cycle has been completed* One arrangement includes a 
nonreturn valve that is mounted in the pump's suction 
bell* During normal operation the valve is kept open by 
the cargo being pumped; however, once suction is lost, 
the valve closes and prevents the cargo in the VTP from 
draining back into the tank. After the cargo tank has been 
stripped, the VTP is stopped, its discharge valve is closed, 
and pressurized air or inert gas is injected into the pump. 
The gas forces the cargo contained within the VTP 
through a bypass line that connects the lower end of the 
pump to the ship's discharge piping. 

Hydraulically driven submersible cargo pumps. Hy- 
draulically driven submersible pumps are used to dis- 
charge cargo on many multi-product petroleum and chem- 
ical carriers that utilize an individual pump /tank 


PUMPS, COMPRESSORS, BLOWERS, AND EJECTORS 


527 



1 PUMP CASING 

2 PUMP SUCTION INLET 

3 CARGO DISCHARGE PIPE 

4 HYDRAULIC MOTOR 
& COFFERDAM PIPE 

* ABOVE “DECK DISCHARGE FLANGE 

Fig. 44 Hydraulically driven submersible cargo pump 


arrangement. These pumps are also used for cargo un- 
loading on some crude-oil carriers. As illustrated by Fig. 
44, each unit consists of a single-stage end-suction centrif- 
ugal pump that is driven by a submersible hydraulic mo- 
tor. Because the motor is installed directly on top of the 
pump, the need for a line shaft with its bearings is elimi- 
nated* The pump and motor assembly is suspended from 
the main deck by piping that includes the supply and re- 
turn lines for the hydraulic oil required to drive the unit. 
Cargo being discharged from the pump travels to the main 
deck through a separate vertical pipe that is adjacent to 
the hydraulic piping. A control valve mounted on top of 
the above-deck cover plate is used to vary the flow of 
hydraulic oil to the motor and, therefore, the pump's 
speed. Although the hydraulic oil required by all of the 
cargo pumps on a vessel is frequently supplied by a cen- 
tral hydraulic system, on some vessels each cargo pump 
receives hydraulic oil from an independent self-contained 
power unit. 

To increase the NPSH A, the submersible pump’s impel- 
ler is mounted on the lower end of the pump shaft A 
back wearing ring, together with balancing holes in the 
impeller's upper shroud, is often used to reduce the axial 
thrust caused by hydraulic unbalance. Support for the 


pump's shaft is provided by ball or roller bearings in- 
stalled in a mounting bracket that is attached to the upper 
portion of the pump's casing. The bearings are submerged 
in, and lubricated by, the hydraulic oil that drains from 
the pump's motor. To simplify maintenance, the design of 
the pump frequently permits it to be removed from the 
cargo tank while the hydraulic piping is still in place. 

In general, rotary-vane or axial-piston hydraulic motors 
are used to drive these cargo pumps. Although it is sub- 
merged within the vessel's tank, the motor is surrounded 
by an outer pipe or cofferdam that isolates it from the 
cargo. Twin double-lip or mechanical seals that are sepa- 
rated by a void space are generally used to prevent the 
hydraulic oil from mixing with the cargo at the shaft 
penetration in the easing* By providing inlet and outlet 
connections to the void space, an inert buffer fluid can be 
circulated between the seals and monitored above deck so 
that a seal leak can be detected by the operator. 

To prevent liquid in the submersible cargo pump's verti- 
cal discharge pipe from draining back into the cargo tank 
when the pump is stopped, each pump generally has a 
bypass line and connections that enable its vertical dis* 
charge pipe to be purged with air or inert gas after the 
pump-out cycle has been completed. 

In lieu of rigid piping, some lower-capacity hydrau- 
lically driven submersible pumps are fitted with flexible 
hoses for the supply and return of hydraulic oil and for 
cargo discharge. These units, which are designed to be 
portable, can be lowered into a tank by the ship's crew 
and used to unload cargo in the event of a main cargo 
pump failure. 

Electric-motor-driven submersible cargo pumps. On 
vessels that transport liquefied natural gas (LNG) or liq- 
uefied petroleum gas (LPG), electric-motor-driven sub- 
mersible pumps are often used to discharge cargo. Each 
unit consists of a single-stage end-suction centrifugal 
pump that is mounted on the lower end of a submersible 
electric motor. The inlet to the pump is typically fitted 
with a suction bell, which guides incoming fluid directly 
to the eye of an impeller that is mounted on the lower end 
of the cantilevered motor shaft* To reduce the pump's 
NPSH requirement, an inducer is sometimes installed be- 
low the inlet to the impeller. Cargo discharged from the 
impeller passes through a muiti-vaned diffuser that is 
integral with the pump's casing, and up through an 
annulus formed by the outside of the motor and an outer 
casing that surrounds it* Above this annulus, which ends 
at the top of the motor, is the unit's discharge nozzle. This 
nozzle is generally flanged so that it can be connected 
directly to the vessel's discharge piping, which extends 
from the bottom of the cargo tank to the main deck. 

The bearings that support the common pump and motor 
shaft are mounted at each end of the motor and are lubrf 
cated by a portion of the cargo being pumped. A portion 
of the pumped cargo also flows through and cools the 
motor. Because the motor is immersed in LNG or LPG, 
its housing must be designed to fully contain any explo- 
sions that can occur within it and must prevent any 
sources of ignition from being transmitted to the sur- 
rounding environment 
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Pumps used for cargo unloading and for stripping and 
cooldown can be installed either directly within the cargo 
tanks that they empty or in suction vessels that are con- 
nected through piping to multiple cargo tanks. In addition, 
some pumps are installed within a vertical column pipe or 
cofferdam that extends from the bottom of the cargo tank 
to the main deck, which eliminates the need for a separate 
vertical discharge pipe. A spring-loaded valve in the bot- 
tom of the column enables liquid from the cargo tank to 
enter the pump's suction bell and impeller. However, if 
the pump is removed from the column, the valve closes 
and prevents gas in the cargo tank from escaping into the 
atmosphere. This latter arrangement is frequently used 
for the emergency unloading pumps. 

Rotary cargo pumps . The types of rotary pumps used 
most often in cargo service include gear, screw, lobe, and 
sliding-vane units. Many of the fluids discharged by cargo 
pumps do not have good lubricity. In addition, during 
stripping a cargo pump can ingest gas and vapor. Conse- 
quently, rotary pumps used in this application often have 
external bearings that rely on an independent source of 
oil for lubrication. 

To enable the capacity delivered to be adjusted during 
the pump-out cycle, rotary cargo pumps are frequently 
furnished with drivers that have a multispeed capability. 
When rotary pumps are used for stripping or to discharge 
cargo from more than one tank, they are often installed 
in “pump rooms" that are located in the lower part of the 
ship. This arrangement enables the pumps to be connected 
through suction piping to multiple cargo tanks. To elimi- 
nate the need for the drivers to be explosion-proof, they 
are often installed in a separate compartment and are 
coupled to the pumps through horizontal or vertical jack- 
shafts. 

Rotary’ pumps can also be furnished in a deepwell con- 
figuration. This arrangement eliminates much of the suc- 
tion piping that is required when the cargo pumps are 
installed in a common pump room and is often utilized on 
vessels that carry high-viscosity cargoes. In addition, on 
some multi-product carriers, a rotary pump that is driven 
by a submersible hydraulic motor is mounted on the bot- 
tom of each cargo tank. 

Reciprocating cargo pu nips* The cargo tanks on some 
vessels are stripped by direct-acting steam- or gas-driven 
reciprocating piston pumps. Duplex-type pumps are typi- 
cally furnished for this application. When installed on ves- 
sels that carry crude oil or a limited number of different 
cargoes, direct-acting stripping pumps are often located 
in a pump room and connected to the vessel's cargo tanks 
through suction piping. This arrangement enables one 
pump to be used to strip multiple tanks. These pumps are 
frequently mounted vertically and are usually driven by 
steam. In an alternate arrangement, which is found on 
some multi-product carriers, a stripping pump is installed 
at the bottom of each cargo tank. The submersible direct- 
acting stripping pumps are generally mounted horizon- 
tally and are typically driven by compressed air or inert 
gas. 

Diaphragm cargo pumps. On some multi-product car- 
riers, a submersible diaphragm pump driven with either 


compressed air or inert gas is mounted on the bottom of 
each cargo tank and is submerged in the fluid that it 
discharges. In addition, because they are self -priming, 
diaphragm pumps that unload cargo can sometimes be 
placed on the deck above a tank. With this latter arrange- 
ment, the pump draws fluid through a suction hose that 
is lowered into the cargo tank. Although diaphragm-type 
cargo pumps are used primarily only for stripping, they 
can also serve as backup units and permit cargo unloading 
to continue in the event of a main cargo pump failure. 

Slurri) cargo pumps i On some ore and mineral carriers, 
the vessel's dry bulk cargo is mixed with water, and is 
loaded and discharged as a slurry. The single-stage end- 
suction centrifugal pumps that can be used to offload this 
cargo have large waterways to pass the solid particles in 
the slurries being handled and are often constructed from 
abrasion-resistant hard metals. Packed stuffing boxes or 
lip seal§ are frequently used for shaft sealing. Clean flush- 
ing water is generally injected into the seal area from an 
external source. In addition, the rear shroud of a slurry 
pump's impeller sometimes has external vanes that re- 
duce the pressure in the sea] area. (These vanes can also 
improve the shaft's axial balance.) 

The effect that pumping a slurry has on the perform- 
ance of a centrifugal pump depends on the specific gravity 
of the liquid/solid mixture, and on the size and concentra- 
tion of the solid particles. When slurries containing large 
particles are pumped, the total head developed and pump 
efficiency will generally both be reduced along the entire 
range of operation when compared to the pump's perform- 
ance with dear water. This reduction in efficiency also 
results in an increase in the brake horsepower required 
to drive the pump. 

Typical conditions of service for pumps used to dis- 
charge slurry cargoes include capacity ratings in the 
range of 1400 to 5600 gpm at total heads from 130 to 250 
ft when handling a slurry with a solid content up to 70% 
by weight. Separate slurry booster pumps may be pro- 
vided for the transfer of cargo from individual holds lo- 
cated throughout the vessel to the main collecting tank 
from which the main discharge pumps take suction. The 
main discharge and the booster pumps can be driven by 
steam turbines, electric or hydraulic motors, or diesel en- 
gines. 

In addition to the slurry pumps, various high-pressure 
and low-pressure pumps are required on these bulk-car- 
rying vessels to supply water for cargo pump seal flush- 
ing, to discharge water loaded with the cargo after the 
ore or mineral portion of the slurry 7 has settled (referred 
to as decanting), to add water to the cargo prior to its 
discharge (referred to as re-pulping), and to flush the 
vessel's cargo piping. Vertical turbine pumps are often 
used in these applications. 

Related applications. In addition to the cargo un- 
loading pumps, there are several other applications that 
are unique to vessels that carry liquid bulk cargoes. These 
include the following: 

4 An inert-gas scrubber pump — supplies seawater to 
the scrubber that cools, cleans, and desulfurizes gas used 
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to inert the vessel's cargo tanks. Vertically mounted sin- 
gle-stage centrifugal pumps that deliver capacities up to 
2500 gpm at total heads of approximately 100 to 150 ft 
are often used in this application. These units are gener- 
ally driven by electric motors. 

* An inert-gas deck-seal water pump — supplies sea- 
water to the deck seal that is required to prevent vapor 
in the vessel's cargo tanks from flowing back through 
the inert gas system to the machinery 7 spaces. Typical 
conditions of service for the single-stage end-suction cen- 
trifugal pumps often used in this application include ca- 
pacity ratings that range from 15 to 100 gpm at total 
heads up to 200 ft Many of these units are dose coupled 
to electric motors. 

* A tank-cleaning pump— supplies seawater to the 
vessel's tank-washing machines when heated seawater is 
used to wash cargo tanks. The total head developed by 
this pump, which must be sufficient to overcome losses in 
the piping and heater that are downstream from the 
pump, raise the elevation of the seawater to the top of the 
cargo tanks, and provide the required pressure at the 
nozzles of the tank-washing machines, can be as high as 
500 ft. Capacity ratings are based on the number of tank- 
cleaning pumps used and the number of tanks washed 
simultaneously, and can range from approximately 300 to 
over 5000 gpm. Vertically and horizontally mounted sin- 
gle-stage centrifugal pumps that have axially split cas- 
ings and double-suction impellers are often used in this 
application. In addition, on some vessels two-stage hori- 
zontal centrifugal pumps and multistage vertical turbine 
pumps have been used. Tank-cleaning pumps are gener- 
ally driven by either electric motors or steam turbines. 

f. Dredging, Many of the centrifugal pumps used 
for dredging service are similar in design to the hard- 
metal pumps described previously for slurry cargo un- 
loading. Pumps with replaceable casing liners are also 


used. Dredge pumps are sometimes mounted directly on 
the vessel's drag arms and are submerged during opera- 
tion. This arrangement is generally necessary’ if deep 
dredging is to be performed so that the suction lift to the 
pump will be minimized. In lieu of submerged pumps, 
some dredges are fitted with inboard pumps that are lo- 
cated in the lower portion of the hull. In addition, dredges 
that discharge directly into long pipelines may have in- 
board pumps that operate In series with separate sub- 
merged drag-arm pumps. Dredge pumps, which are some- 
times furnished in a close-coupled configuration, are 
generally driven by electric motors. 

When discharging into a hopper, the rated capacity of 
the dredge pumps is generally proportional to the hop- 
per's surface area [26]. During this mode of operation, 
the total head that must be developed is relatively low. 
When discharging into a pipeline, however, lower capacit- 
ies and higher heads are generally required. To enable the 
same dredge pump to discharge into a hopper or into 
pipelines of various lengths, the drive motors used often 
have a variable-speed capability, In addition, piping may 
be arranged so that multiple inboard pumps can be oper- 
ated in series. Capacity ratings for dredge pumps can 
exceed 20,000 gpm at total heads up to 300 ft while pump- 
ing a liquid/solid mixture with a specific gravity of ap- 
proximately 1,2, 

Separate centrifugal pumps are generally used to sup- 
ply sealing and flushing water to the dredge pump's shaft 
seals. In addition, on hopper dredges, centrifugal-type jet- 
ting and washdown pumps are often provided to supply 
the high-pressure water used to remove material that may 
cling to the sides of the hopper after its dump doors are 
opened. 


Section 2 
Compressors 


2,1 Fundamentals. Compressors are used to increase 
the pressure of a gas. Like pumps, compressors can be 
classified as either kinetic machines, which includes cen- 
trifugal and axial compressors, or positive-displacement 
machines, which includes reciprocating and rotary com- 
pressors. To increase the compression ratio, the ratio of 
the compressor's outlet pressure divided by its inlet pres- 
sure, multistage units are often used. 

If compression is assumed to be adiabatic, the theoreti- 
cal rate of energy transfer in a single-stage compressor 
is equal to 

= mH ad (42) 

where 

E*a = theoretical rate of energy transfer for an adia- 
batic process, ft-lbf/s 


m = mass flow rate, Ibm/s 
= adiabatic head, ft-Ibf/lbm 

Using subscripts 1 and 2 to refer to conditions at the inlet 
and outlet of the compressor, respectively, the adiabatic 
head of the gas passing through a compressor equals 

V $ — . V 2 

J&. - AK ~hd + 3 (43) 

* 9 < 

where 

J = mechanical equivalent of heat, 778 ft-lbf/Btu 
h = enthalpy per unit mass, Etu/lbm 
V — flow velocity, fps 

9c = gravitational constant, 32,17 ft-lbm/lbf-s 2 

If a compressor takes suction from the atmosphere and 
discharges into a receiver, the difference in kinetic en- 
ergy 7 , (V 2 *—V x z )/2 g c , is generally low; therefore, it has 
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been omitted from the equations that follow. For an ideal 
gas with a constant specific heat, the change in enthalpy 
per unit mass, Ah, is equal to 

Ah - h 2 - A, = c p (T z - Z\) (44) 


where 

Cp = specific heat at a constant pressure of the gas 
being compressed, Btu/lbm-deg R 
T = absolute temperature, deg R 

Furthermore, for an ideal gas, c p is equal to 


Rk 

Cp ~ J(k- 1) 


(45) 


where 

R = specific gas constant, ft-lbf/lbm-deg R (53.34 for 
dry air) 

k = specific heat ratio (1.395 for air) 

By substituting equation (45) into equation (44) and rear- 
ranging terms, the expression for Ah can be rewritten as 


Ah = 


RT-Jc T z 
Ak - 1) [r, 


(46) 


Based on the additional assumption that adiabatic com- 
pression will also be isentropic or internally reversible: 


T\ 


— = — I = r„ 


(47) 


where 


stages. Although when intercooling is performed the en- 
tire compression process is no longer adiabatic, the com- 
pression occurring within each stage prior to intercooling 
can still be compared to an adiabatic process. If “ideal” 
intercooling is assumed, the interstage temperature will 
be reduced to the inlet temperature, T lt and the compres- 
sion process within each stage, together with its in- 
tercooler, will be isothermal. Using subscript * to refer to 
the interstage conditions, this assumption results in the 
following 

Pi?i = P> Qi — constant (50) 


So that each stage is equally loaded and adiabatic work is 
minimized, a multistage compressor is generally designed 
so that the compression ratio in each stage is equal, which 
results in 

\ r ’ll /n 

V. - gj < 5I > 

where 

r pM = compression ratio in each stage 
n = number of compressor stages 


By using the results of equations (50) and (51), the ex- 
pression for ideal adiabatic power given in equation (49) 
can be rewritten and used for a multistage compressor 
with « stages that are each fitted with an ideal intercooler, 
that is 




(52) 


p — absolute pressure, psia 
r p — compression ratio 

Ignoring the difference in velocity head, an expression for 
can be derived from equations (47), (46), and (43) and 
substituted into equation (42): 

= m — ~ ~ [t p -T ~ 1] (48) 


Equation (48) can be rewritten in terms of volumetric 
capacity (based on the perfect gas law) and horsepower 
as follows 


Pad 


550 


1 k 

229^2 Pl?1 (A - 1) 



(49) 


where 

q = volumetric flow rate or capacity, cfm 
= reversible or ideal adiabatic power, hp 

If there is no cooling within or between adjacent stages, 
equation (49) can also be used to calculate the adiabatic 
power for a multistage compressor. 

To reduce the volumetric flow rate and, therefore, the 
power required for compression in subsequent stages, 
multistage compressors often have heat exchangers, re- 
ferred to as intercoolers, that reduce the temperature of 
the gas being compressed as it travels between successive 


Because of various losses, the actual compression pro- 
cess is not reversible. With no coolingduring compression, 
the brake horsepower required to drive a compressor ex- 
ceeds the ideal or reversible adiabatic value calculated in 
equation (52), The actual brake horsepower required by 
the compressor is equal to 


P c = — (53) 

V c 

where 

P c — brake horsepower required to drive the compres- 
sor, hp 

= compressor efficiency (based on isentropic adia- 
batic compression), %/lGO 

-q r includes the effects of thermodynamic and fluid fric- 
tion losses in the compression process, as well as mechani- 
cal losses due to factors such as friction in the compres- 
sor's bearings and seals, and is equal to 


where 

= isentropic adiabatic compression efficiency, %/ 
100 

y) m = mechanical efficiency, %/lG0 
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With no cooling, Tj Bd is equal to the following 




( 2 isen 




T t 


Tx (r p ~ ~ 1) 

^2 act ■” 


(55) 


where 

T> i^ n = ideal gas temperature at the compressor outlet 
based on isentropic adiabatic compression, deg 
R 

T 2 — actual gas temperature at the compressor outlet, 
deg R 

If heat is transferred during compression, the adiabatic 
assumption is no longer valid. With heat transfer, the 
relationship between the pressure and the volume of the 
gas being compressed is sometimes assumed to follow 
that of a polytropic process, as shown below 

pq m — constant (56) 

where m is a polytropic exponent The substitution of 
exponent m for specific heat ratio k in equation (49) re- 
sults in an expression that represents the ideal power 
required for compression without intercooling during a 
polytropic process. If because of losses heat is added to a 
gas during compression, the power required by the com* 
pressor will increase and exponent m will exceed k. If, 
however, the compressor is cooled sufficiently to result in 
a net transfer of heat away from the gas being com- 
pressed, the value of m will be less than k . Poly tropic 
compression can be compared with adiabatic compression 
using the polytropic efficiency and the following: 


TJjjoiy 


■^poly Vb.4 

m ] 

\k - 1 

/\d 

m — l] 

L * J 


(57) 


where 


p PQ]y — poly tropic efficiency, %/100 
P poly — ideal poly tropic power, hp 

The minimum ideal power is achieved when m = I, 
which represents isothermal compression. Under this con- 
dition there is no change in the enthalpy of an ideal gas 
being compressed, and the work performed is equal to the 
heat removed from the gas. The power during ideal or 
reversible isothermal compression can be calculated as 
follows 


1 

“iso = Mi T P (58) 


where P ho is the ideal isothermal power (hp). Additionally, 
the isothermal efficiency is equal to the following 




RT, log, r p 

- T t ) + Q m ] 


where 



Vs* lag, r p 
*- 1 

1 K~r - 1 ] 


(59) 


tjiso “ isothermal efficiency, ^/100 
Q* = heat per unit mass removed from gas during 
compression, Btu/lbm 

The equations given above are based on the assumption 
that the gas being compressed follows the ideal or perfect 
gas laws. Although this generally results in sufficient 


accuracy for lower-pressure applications, at high pres- 
sures the departure of real gases from the ideal gas laws 
must be considered [27], 

Intercooling reduces the work required for multistage 
compression. Furthermore, multistaging, combined with 
intercooling, offers the following advantages: 

• The reduction in the temperature of the gas entering 
each stage simplifies lubrication requirements. 

# Due to a reduction in the specific volume of the gas 
entering successive stages, a smaller compressor can be 
used to handle a given mass flow rate of gas. 

# Because of the increase in temperature that occurs 
during compression, the relative humidity of air that has 
been compressed is initially reduced. However, at a con- 
stant temperature, the relative humidity of air increases 
with pressure. As a result of this relationship, if the tem- 
perature of air discharged from a compressor stage is 
reduced to the stage's inlet temperature, there will be an 
increase in the a!r T s relative humidity when compared with 
the value at the entrance to the stage. Consequently, a 
portion of the water vapor contained in the compressed 
air will condense, reducing the air's moisture content. (In 
addition to the intercoolers used to cool gas traveling 
between a compressor's stages, many air compressors are 
also fitted with an aftercooler that permits the tempera- 
ture and moisture content of air discharged from the com- 
pressor's last stage to be reduced,) 

* By reducing the temperature of the gas being com- 
pressed, overheating of the compressor's components can 
be reduced or eliminated. In addition, in the case of oil- 
lubricated air compressors, a reduction in air temperature 
reduces the risk of an explosion, 

* The use of multiple stages reduces the number of 
components that must be subjected to gas at the compres- 
sor's discharge pressure. 

To reduce the wear and corrosion that can be caused by 
dirt and moisture that enter a compressor, filters and 
moisture separators are often fitted over inlet connec- 
tions, In addition, to reduce the work required for com- 
pression, air compressors should be located in areas of the 
vessel where the lowest inlet air temperature is available. 

2.2 Reciprocating Compressors. In a reciprocating 
compressor, which is illustrated in Fig* 45, air is drawn 
into, compressed in, and discharged from an enclosed cyl- 
inder by the reciprocating motion of a piston. This motion 
is transmitted to the piston by a rotating driver through 
a crankshaft and a connecting rod. In some compressors 
a crosshead and piston rod may be installed between the 
connecting rod and the piston. Reciprocating compressors 
are classified as being either horizontal or vertical based 
on the orientation of the reciprocating motion within the 
cylinders. In vertical multistage compressors the cylin- 
ders are sometimes located directly above the axis of the 
horizontal crankshaft in an “in-line" configuration. How- 
ever, to reduce the machine's length, the cylinders in a 
multistage compressor may also be arranged in groups 
that are oriented radially around the crankshaft's circum- 
ference. Compressors of this latter type are often identi- 
fied based on the letter in the alphabet that the cylinder 
configuration most closely resembles. In a “V" or tl Y n 
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LEGEND 

1 INTERCOOLER 

2 FAN & BELT 

3 PISTON Sc PIN 

4 CRANKSHAFT 

5 MAIN BEARING 

6 DRIVE SHAFT 

7 OIL PUMP 

Fig. 45 Two* stage reciprocating compressor 


type compressor, the cylinders are located (typically at an 
angle of 45 deg) on opposite sides of a vertical plane that 
passes through the crankshaft's axis; in a “W” type com- 
pressor, the cylinders are divided into groups that each 
contain two outer cylinders located on opposite sides (usu- 
ally at 60-deg angles) of a third vertically oriented cylin- 
der; and in an "L” type compressor, one cylinder in each 
group of two is oriented vertically above the crankshaft's 
axis, and the second is oriented along a horizontal plane 
passing through this axis. Reciprocating compressors can 
also be furnished with multiple horizontally mounted cyl- 
inders that are positioned either on opposite sides of a 
horizontal crankshaft, referred to as a horizontal opposed 
compressor, or radially around a vertical crankshaft. Pis- 
tons operating within a single group of cylinders that have 
the same axial location in the compressor are typically 
linked to the same crankthrow on the crankshaft. 

Multistage compressors may be arranged so tharsome 
of their cylinders operate in parallel while others operate 
in series. For example, in a typical three-cylinder two- 
stage “W” type compressor, the two outer cylinders 
jointly form the first stage, and both discharge gas into 
the single cylinder located between them that forms the 
compressor’s second stage. Because of the reduction in 
the volume of a gas as its pressure is increased, the bores 


of the cylinders and the corresponding outside diameters 
of the pistons used in successive stages of a multistage 
compressor are generally progressively reduced. The bore 
sizes of the various cylinders are often included in the 
compressor's nomenclature, and are listed in order of 
stage. A typical nomenclature for a two-stage "W w type 
compressor could be 6/6/5 X 5, which identifies the com- 
pressor as having two first-stage cylinders with bores of 
6 in, each and a third second-stage cylinder with a bore of 
5 in. The final 5-in. dimension following the "X" identifies 
the strode length of the compressor. 

Compressor pistons may be classified as single-acting 
when only one face is used to compress gas or double- 
acting when the compressor is arranged so that gas can 
be compressed by both of the piston's faces. Although a 
double-acting piston is generally driven through a cross- 
head and a piston rod, a single-acting piston may be driven 
directly by the connecting rod. Pistons that are installed 
using this latter arrangement are sometimes referred to 
as '"trunk" type pistons. As a result of the elimination of 
the crosshead in this design, side loads developed in the 
connecting rod are transmitted to the piston. To provide 
a larger surface area to absorb these loads and reduce 
wear, trunk pistons typically have long sidewalls, referred 
to as skirts. 

Because of the reduction in piston size in successive 
stages, multistage compressors can be arranged so that 
a single piston with multiple outside diameters, referred 
to as a "differential multistage” piston, is used to com- 
press gas in two or more separate cylinders located along 
the same radial axis. With a typical vertically mounted 
two-diameter single-acting piston, the lower portion of the 
piston is often of a larger diameter than the upper section 
and is used in one of the compressor's lower-pressure 
stages. Gas in the lower, larger portion of the cylinder 
is compressed within the annulus formed between the 
cylinder’s bore and the outside diameter of the piston's 
smaller upper section. The upper face of the piston simul- 
taneously compresses gas in a smaller-diameter cylinder 
that forms one of the compressor’s higher-pressure 
stages. Configurations that include stepped double-acting 
pistons with three different diameters are also used. 

To maintain the necessary close-clearance seal between 
the moving piston and the inside wall of the cylinder, 
pistons are typically fitted with replaceable rings. In addi- 
tion, cylinders can be fitted with replaceable liners. To 
reduce weight, the iarger-diameter pistons used in a com- 
pressor's lower-pressure stages are sometimes furnished 
in aluminum. The smaller higher-pressure pistons are, 
however, frequently furnished in cast or ductile iron, and 
the same is also often used for the compressor's cylinders. 

The crankshaft is frequently supported by roller bear- 
ings, In addition, sleeve-type journal bearings are gener- 
ally provided to absorb radial loads that are applied to the 
pins at the ends of each connecting rod. It is common in 
smaller compressors for lubricating oil in the crankcase 
to be splashed onto the bearings and running gear by the 
eccentric crank throws on the rotating crankshaft. Larger 
compressors, however, usually have a forced-feed lubrica- 
tion system, or they may rely on a combination of splash 
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and forced lubrication. With a forced- feed system, the 
lubricating oil is removed from a sump in the compressor's 
crankcase by a rotary- pump, circulated through a filter, 
and delivered to the main bearings on the crankshaft. The 
pressurized oil then flows through drilled ports in the 
crankshaft and connecting rods to the bearings at the 
ends of the connecting rods. As it leaks out around the 
edges of these bearings, the oil lubricates the crossheads, 
when used, and then drains back into the sump. The lubri- 
eating-oil pump is typically driven off the compressor's 
crankshaft. In some compressors, oil is also used to lubri- 
cate the cylinders. Small compressors with oil-lubricated 
cylinders may have dippers on the end of each connecting 
rod that splash oil onto the pistons and cylinder walls. In 
many larger units, a mechanical lubricator supplies oil 
through individual lines to each cylinder. A check valve is 
generally installed in each oil supply line to prevent gas 
in the cylinders from entering the lubrication system. 

In compressors with non-lubricated cylinders, referred 
to as "non-lubricated” compressors, a distance piece is 
located between the cylinders and the frame that houses 
the crankshaft and the connecting rods. By separating the 
pistons from the compressor's lubricated running gear, oil 
is prevented from entering the cylinders and contaminat- 
ing the gas being compressed. Due to the use of the dis- 
tance piece, a crosshead and piston rod must generally be 
used to transmit the reciprocating motion of each connect- 
ing rod to the corresponding piston. Stationary wiper and 
packing rings are typically fitted around each piston rod. 
Because the pistons and cylinders in these compressors 
receive no lubrication, materials that have inherent self- 
lubricity, such as polytetrafluoroethylene composites, are 
often used for piston rings and cylinder packing. 

Reciprocating compressors are generally cooled with 
either air or water. The cylinders in air-cooled compres- 
sors often include large external fins that increase the 
surface area available for heat transfer. These compres- 
sors may also be fitted with belt- or shaft-driven fans. 
In water-cooled compressors, fresh water or seawater is 
circulated through jackets that are built into the walls 
of the cylinders and cylinder heads. In addition to the 
beneficial effect on efficiency, water cooling results in a 
more uniform temperature distribution throughout the 
compressor and can eliminate the formation of localized 
hot spots on the surfaces of cylinders and pistons. Water 
cooling is, therefore, incorporated into the design of many 
high-pressure compressors. Separate air-cooled or water- 
cooled intercoolers are often provided to cool the gas trav- 
eling between the compressor's successive stages. In addi- 
tion, an air-cooled or water-cooled aftercooler is fre- 
quently used to cool the gas being discharged from the 
compressor's final stage. Furthermore, a compressor may 
have a water-cooled heat exchanger that is used to cool 
oil in the lubrication system. Although cooling water can 
be circulated through a compressor's various heat ex- 
changers by an independent pump, some compressors are 
fitted with a crankshaft-driven centrifugal water pump. 

Each of a reciprocating compressor's cylinders must be 
fitted with valves to control the admission and exhaust of 
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Fig. 46 Theoreticd Indicator card for a reciprocating compressor 


the gas being compressed. Valve types used most fre- 
quently, listed in ascending order based on pressure capa- 
bility, include: a strip valve, which has multiple flat strips 
that cover ports in the valve's seat; a ring plate-type valve, 
which has several concentric ring-shaped plates that are 
held in place over ports in the seat by multiple coil springs; 
and a disk valve, which has a disk-shaped plate that is 
held against the seat by a single spring or retainer. These 
valves open and close automatically as a result of the 
difference between the pressure within the cylinder and 
the pressure on the opposite side of the valve. Although 
less common, cam-operated spring-loaded valves are used 
in some reciprocating compressors. 

The compression cycle is illustrated graphically in Fig, 
46, which shows an indicator card diagram of cylinder 
pressure plotted versus volume for a reciprocating com- 
pressor with pressure-actuated valves. The area enclosed 
by lines 1 -2-3-4- 1 represents the work of compression in 
a single-stage compressor. As the compressor's piston 
begins its suction stroke {point 1 on Fig, 46), the pressure 
within the cylinder is reduced until it is slightly less than 
the pressure in the inlet line. At this point (point 2 on Fig. 
46), the compressor's inlet valve opens, and gas begins to 
enter the cylinder. The low pressure within the cylinder 
keeps the discharge valve closed and, therefore, prevents 
high-pressure gas in the discharge line from reentering 
the cylinder. Gas continues to enter the cylinder until the 
piston reaches the end of the intake stroke {point 3 on Fig. 
46). The piston then reverses its stroke and begins to 
compress the gas contained within the cylinder. The re- 
sulting increase in cylinder pressure forces the inlet valve 
to close. When the pressure within the cylinder is slightly 
higher than the pressure in the discharge line (point 4 on 
Fig. 46), the compressor's discharge valve is forced to 
open and the compressed gas is discharged from the cylin- 
der. The discharge of gas continues until the piston com- 
pletes the compression stroke and returns to its initial 
position (point 1 on Fig. 46). This cycle is then repeated. 
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The volume corresponding to point 1 on Fig. 46 is re- 
ferred to as the cylinder's clearance volume. It equals the 
volume of compressed gas that remains in the cylinder at 
the end of the compression stroke. As the piston begins 
the next intake stroke, this gas reexpands and reduces 
the amount of new gas that can enter the cylinder. Using 
subscripts 1, 2, and 3 to refer to points on the indicator 
diagram in Fig, 46, the resulting reduction in the volume 
available for gas entering the cylinder is represented by 
the compressor's theoretical volumetric efficiency, which 
equals 


where 

7i vth — theoretical volumetric efficiency, %/100 
v — volume in compressor's cylinder, in.* 

The clearance volume reduces the amount of gas that can 
be drawn into the compressor; therefore, it affects the 
size of the compressor that is required to handle a given 
volumetric flow rate of gas. Because of leakage past the 
piston rings, packing, and valves, the compressibility of 
real gases, and the inability of the cylinder to fill com* 
pletely, a reciprocating compressor's actual volumetric 
efficiency is somewhat less than the theoretical value. 

Deviations from a reversible adiabatic process caused 
by various factors, such as gas turbulence, the heating of 
incoming gases, and pressure drops through the compres- 
sor's suction and discharge valves, reduce the compres- 
sor's efficiency. However, because the valve losses repre- 
sent a smaller percentage of the work of compression 
at higher compression ratios, the efficiency of a cooled 
reciprocating compressor can increase with compression 
ratio. In addition, the efficiency of this type of a compres- 
sor generally increases with higher absolute inlet pres* 
sures and lower gas specific gravities. Typical values of 
efficiency for reciprocating compressors are in the range 
of 75 to 85% based on adiabatic compression. 

Two-stage compression with intercooling is illustrated 
on Fig. 46 by lines l-2*3-3a*3b-4a-L Compression in the 
two-stage compressor's first stage ends at point 3a. The 
gas is then withdrawn from the cylinder and cooled, which 
results in a reduction in its volume to point 3b. After the 
gas enters the second-stage cylinder, compression contin- 
ues to point 4a. The reduction in work achieved by using 
a two-stage intercooled compressor is represented by the 
shaded area enclosed by lines 3a-3b-4a-4-3a. 

A typical performance curve for a reciprocating (posi- 
tive-displacement) compressor operating at constant 
speed is shown in Fig. 47. Capacity adjustments can be 
made by varying the operating speed. Although* steam 
or gas turbines, diesel engines, and direct-acting steam 
engines can be used to drive reciprocating compressors, 
many shipboard compressors are driven by electric mo- 
tors at speeds below 1200 rpm. The driver is sometimes 
coupled, either directly or through a speed reducer, to the 
extended end of the compressor's crankshaft. Alterna- 
tively, torque may be transmitted from the driver to the 
crankshaft through a multi- V-belt drive arrangement A 



reciprocating compressor is frequently furnished with hy- 
draulically or electrically operated unloaders that relieve 
pressure within the cylinders, often by holding the suction 
valves open, when the compressor is stopped. The unload- 
ers initially remain open during start-up, which reduces 
the starting torque that must be developed by the com- 
pressor’s driver. Unloaders may also be used for capacity 
control during constant-speed operation. In addition, con- 
stant-speed double-acting compressors are sometimes fit- 
ted with clearance pockets, which are chambers located 
at each end of a cylinder that can be opened to increase 
the clearance volume and decrease the capacity delivered. 

2.3 Dynamic Compressors. Dynamic compressors, 
which are often similar in appearance to centrifugal 
pumps, are furnished in both single-stage and multistage 
configurations. The theory of performance for these ma- 
chines is similar to that presented previously for centrifu- 
gal pumps, except that effects due to the compressibility 
of the gas being handled must be considered in the case 
of a compressor. Like centrifugal pumps, dynamic com- 
pressors can be designed as radial-flow, mixed-flow, or 
axial-flow machines, where these classifications refer to 
the primary orientation of flow at the discharge from the 
compressor's rotor. The type of dynamic compressor best 
suited for an application is often predicted based on spe- 
cific speed, N S} which can be calculated by substituting 
operating speed, N t in rpm, inlet capacity, g t in cfm, and 
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J? S« d Per f SU f' in into equation 

(3). With these units of measurement and based on the use 
o single-suction impellers, typical specific speed ranges 

2X2^5^ types of dynamic com P res - 

Compressor Type n 

Radial-flow 400 to 950 

Mixed-flow 800 to 1400 

Axial-flow > 1300 

Radial-flow compressors are usually referred to as cen- 
tafuga compressors, while those built for axial-flow are 
generally identified as axial compressors. Mixed-flow 
compressors are seldom used [28]. 

a. Centrifugal compressors. The impeller in a sin- 
gle-stage centnfuga compressor is frequently overhung 
on the end of a cantilevered shaft. However, in some sin- 

RSSSfT 6 impeiler is raounted on a shaft that 
bearflf^ S bea ™^ each end. Although a between- 
./ s eo 11 figuration is also used in many multistage 

beerMJsed , compressors ’ overhung arrangement hfs 
than tW r PP ° rt “ ultl Pie, but generally not more 
than three, m-1 me impellers. In addition, some multistage 

onT e Tr°h S th re 5 W0 ? hfld 1 With the im P ellers overhung 
loJS b 5 fu ds ° f muIt ‘P !e shafts. These shafts are 
r* ted a ™ UIld the periphery of, and driven by, a central 
g r that is coupled to the compressor’s driver. Bv vary- 

iofs JL n u Umber „° f teeth used on the shaft-mounted pin- 

tvoLl mT Ca " be driven at a d iff e rent speed. A 
typical multistage centrifugal compressor is shown in Fig. 

oveiS‘ SUCti ° n .- imPe!lerS 3re generaI, y used with an 
sem£ g m °™ ting arra Dgement and can be of the open 
semiopen, or closed design. Because of the reductionTn 


qni fEL f Sl gaS /fu SIDg through a centrifugal compres- 
Wldths °l the im PelIers used in multistage ma- 
chmes are generally progressively reduced in each succes- 
sive stage In addition, to maintain geometric 
proportmnahty the impeller outside diameters are f™ 
quently reduced with the widths. To eliminate the local 
stress concentrations that result from keyways, in many 

shStTrTef , eentn ^ gaI compressors, torque from the 
encffit h ’ mpe er 1S transmitted through an interfer- 

■ Th ^ hlgh yolocity of the gas being discharged from the 
mpe ler is typically reduced in a multi-vaned diffuser 
aneless diffuser or scroll-shaped volute. Many centrifu- 
gal compressors have a combination of these devices, such 
as a diffuser followed by a volute. The reduction in dis- 
charge velocity results in the conversion of a portion of 
the gas kinetic energy to potential energy and, therefore 
in an increase m pressure. Diffusers used in a multistage 
compressor are often furnished as part of the stationary 
laphragms that separate adjacent stages. Each dia- 
phragm also includes return channels that direct the gas 

srnvf “ mpr f sed . to the e y e of the impeller in the next 
stage, lo reduce its temperature, the gas traveling be- 
tween stages m a multistage centrifugal compressor is 
„™ q f “ en y plated through an intercooler. In addition, 
an aftercooler is often provided to reduce the temperature 
the gas discharged from the compressor. 

To minimize axial thrust, in some multistage centrifu- 
gal compressors an approximately equal number of sin- 

£’l l5Ctl ° I1 T imp m erS 13 mounted facin & opposite ends of 
admitf'% J k a i dltl ^ n ’ “ some units gas is simultaneously 
anrT? t t0 bo ?, ends of the compressor, directed inward, 
and discharged from the center of the casing. This type 
of a machine, which is referred to as a “double-flow” 
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compressor, frequently has a center impeller that is of 
the double-suction design. When all of the single-suction 
impellers in a multistage centrifugal compressor are 
mounted in the same direction, axial thrust is generally 
reduced through the use of an internal balancing piston 
or drum. 

Residual axial loads acting on a centrifugal compres- 
sor’s rotor are absorbed by a thrust bearing, which fre- 
quently consists of a rotating shaft-mounted collar that 
Is positioned axially between two stationary flat lands or 
between multiple tilting pads. Radial support for the rotor 
is typically provided by cylindrical, multi-lobe, or tilting- 
pad journal bearings. These bearings are lubricated with 
oil that is generally pressurised and circulated by a shaft- 
driven rotary pump. Oil coolers and filters are often in- 
cluded in a centrifugal compressor's lubrication system. 

Typical materials used in the construction of centrifugal 
compressors include cast iron, ductile iron, steel, or stain- 
less steel for casings and stainless steel, aluminum, or 
titanium for impellers. To reduce interstage leakage and 
improve volumetric efficiency, close-clearance labyrinth- 
type seals are generally installed between adjacent stages 
in multistage compressors. In addition, when closed-type 
impellers are used in either single-stage or multistage 
compressors, replaceable stationary seals are often in- 
stalled adjacent to each impeller's outer hub. Seals are 
also required at locations where the compressor's shaft 
penetrates the casing. Various types of labyrinth, carbon- 
ring, or mechanical seals may be used for shaft sealing. 

h. Axial compressors. Axial compressors are gener- 
ally supplied in a multistage configuration, with each 
stage consisting of a row of rotating vanes followed by a 
row of stationary diffuser vanes. A row of stationary inlet 
guide vanes may also precede the initial row of rotating 
vanes. In addition, one or more rows of stationary exit 
guide vanes may be used to reduce the velocity of gas 
leaving the compressor. Axial compressors are typically 
used to deliver relatively high capacities. Although the 
compression ratio per stage in an axial compressor is gen- 
erally less than that in a comparably rated centrifugal 
compressor, an axial compressor will often be more effi- 
cient. 

The profile of the individual vanes used in an axial com- 
pressor is generally based on an airfoil shape. The vanes 
in each stage of the rotor are mounted around the circum- 
ference of individual disks, a hollow drum, or a solid rotor 
that is integral with the shaft Proper vane orientation and 
spacing is critical so that the pitch (the distance between 
corresponding points on adjacent vanes), inlet flow angle, 
and outlet flow" angle for each vane meet design require- 
ments. When individual disks are used in the rotor design, 
they are generally either mounted onto a common shaft 
or stacked axially and held together with througK bolts. 
With the stacked disks or drum designs, a stub shaft is 
often pressed into each end of the rotor. 

The outer ends of the stationary vanes in an axial com- 
pressor may be attached directly to the outer casing or 
mounted in a separate inner carrier. The inner ends of the 
stationary vanes are sometimes fitted with a thin cylindri- 
cal shroud that joins all of the vanes included in a single 


stage. Close radial clearances are generally maintained 
between the inner ends of the vanes and the rotor to 
reduce interstage leakage. 

Because of the reduction in the volume of the gas pass- 
ing through an axial compressor, to maintain a constant 
axial gas velocity, which is often used as a design crite- 
rion, the lengths of the rotating and stationary vanes used 
in each successive stage must be progressively reduced. 
This can be accomplished by using a tapered rotor and 
gradually increasing both the root diameter of the rotate 
mg vane$ and the inside diameter of the stationary vanes, 
or by using a constant-diameter rotor with rotating vanes 
that have progressively smaller tip diameters. With this 
latter configuration, the inside diameter of the casing 
must be tapered. In a third arrangement, the diameters 
of both the rotor and the casing are changed. When any of 
these configurations are used, several of the final higher- 
pressure stages are sometimes fitted with vanes of equal 
length/ which results in slight reductions of both the gas 
velocity and the losses at the compressor's outlet. 

An axial compressor's rotor is typically supported radi- 
ally by cylindrical or tilting-pad journal bearings mounted 
at each end of the shaft and axially by a tilting-pad thrust 
bearing. The bearings are lubricated with oil that is gener- 
ally pressurized and circulated by a shaft-driven positive- 
displacement pump. A cooler and filter are frequently 
included in the compressor's lubrication system. To re- 
duce axial loads, the discharge end of the rotor is often 
fitted with an internal balancing piston or drum. The leak- 
age rate of the gas passing through the balancing device, 
which is vented to suction, is controlled with a labyrinth 
seal. Labyrinth seals are also used in many units to reduce 
leakage in locations where the ends of the shaft penetrate 
the casing. Materials of construction used with axial com- 
pressors are similar to those used for centrifugal com- 
pressors. 

e. Dynamic compressor performance characteris- 
tics. Typical performance curves for centrifugal and 
axial compressors are included in Fig. 47. An axial com- 
pressor’s head-capacity curve is generally steeper than 
that of a centrifugal compressor; therefore, while the ca- 
pacity entering an axial compressor remains relatively 
constant over a range of discharge pressures, the dis- 
charge pressure developed by a centrifugal compressor 
remains relatively constant over a range of inlet capacit- 
ies. Variations in inlet capacity, head, and power with 
changes in operating speed can be estimated using the 
relationships given in equations (29), (30), and (31). How- 
ever, because the higher head developed at an increased 
operating speed also increases the volume ratio of the gas 
being compressed, the head actually developed at an inlet 
capacity found using equation (29) exceeds the head calcu- 
lated using equation (30). Conversely, for a given reduc- 
tion in speed and inlet capacity, the head developed is 
slightly less than that calculated using equation (30). The 
magnitude of these deviations increases with higher 
heads, heavier gases, and reduced impeller discharge rela- 
tive flow angles. 

As shown in Fig. 47, the stable region on the left side 
of a centrifugal or an axial compressor's head-capacity 
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curve does not reach shutoff but, instead, stops at a mini- 
mum flow rate. Operation below this capacity, referred to 
as the "surge limit/ 1 can result in instability consisting 
of flow oscillations with brief periods of forward flow 
followed by intermittent back flow. Surging is typically 
caused by a sudden reduction in capacity resulting from 
stalling because of excessive positive incidence at the inlet 
to the impeller (or multi-vaned diffuser, if used). As the 
capacity being delivered is reduced, the head developed 
may momentarily be less than that in the system and a 
flow reversal can occur. Surging is, therefore, frequently 
associated with operation on a portion of the head-capacity 
curve that has a positive slope. Because of the compress- 
ibility of gases and their ability to store energy, the oscilla- 
tions in flow often continue and can result in pressure 
pulsations, vibration, noise, and increased temperatures. 
The severity of the detrimental effects that result from 
surging is affected not only by the design of the compres- 
sor, but also by the elasticity of the system. The capacity 
at which stalling and the resulting surging begin is gener- 
ally reduced with the operating speed. As a result of this 
relationship, if surging occurs in a centrifugal compres- 
sor, it can often be suppressed by reducing the unit's 
operating speed. However, once stalling and surging be- 
gin in an axial compressor, the surge limit can, in effect, 
shift to a higher capacity, and stalling can continue even 
after the operating speed is reduced [3]. 

The capacity on the right side of the head-capacity curve 
is limited by choking, which occurs when the relative ve- 
locity of gas within the rotor or the gas velocity at the 
inlet to the stator reaches the acoustic velocity, or when 
the Mach number equals one. When Mach one is reached, 
the mass flow rate passing through the compressor can- 
not be increased regardless of how much the compression 
ratio and head developed are reduced. In some centrifugal 
compressors, the range of performance is expanded by 
using an inducer-type impeller with vanes that follow the 
curvature of the hub and extend into the impeller's eye. 
As a result of the decreasing radii from the tip to the root 
along the leading edge of each vane in an inducer impeller, 
the average inlet peripheral velocity and Mach number 
are reduced. 

Radial or backward-curved vanes are typically used in 
centrifugal compressor impellers. The steepness of a cen- 
trifugal compressor's head-capacity curve increases as 
the discharge angle of the impeller's vanes and the re- 
sulting relative discharge flow angle, measured with re- 
spect to the tangential or peripheral direction, are re- 
duced. In addition, due to the increase in volume ratio 
when a heavier gas is compressed, which results in the 
development of a higher head for a given inlet volumetric 
flow rate and operating speed, the steepness of the head- 
capacity curve will generally be reduced as the gas inlet 
density of the gas increases. The increased volume ratio 
when heavier gases are compressed generally increases 
the positive incidence and, therefore, the inlet capacity at 
which surging begins. Due to the resulting increased 
mass flow rate for a given inlet capacity, the Mach number 
when handling heavier gases will also increase, which 
reduces the inlet flow rate at whieh choking occurs. 



In addition to the effects of vane discharge angle and 
gas density, the performance of an axial compressor is 
also affected by the stagger angle (the angle between the 
vane's chord line and the axial direction) of the vanes in 
its rotor. In general, an increase in the stagger angle will 
result in a steeper performance curve. In addition, the 
speed required to deliver a given flow rate will often in- 
crease with the stagger angle. As an alternative to ad- 
justing the stagger angle of the rotor's vanes, the per- 
formance of some axial compressors can be adjusted at a 
constant operating speed by varying the stagger angle of 
the stationary vanes. 

Compression ratios in axial compressors can be as high 
as 1.4 per stage; this compares to compression ratios of 2 
to 5 per stage for centrifugal compressors [3]. Operating 
speeds for centrifugal and axial compressors can range 
from 5000 to 40,000 rpm. These compressors are often 
directly coupled to steam or gas turbines; however, they 
may also be driven through speed increasers by electric 
motors or diesel engines. In some motor-driven units, the 
necessary speed-increasing gears are furnished as an inte- 
gral part of the compressor. 

2.4 Rotary Compressors. Rotary compressors are 
positive-displacement machines in which the gas being 
compressed is forced through the casing by one or more 
rotating displacement elements. Unlike the reciprocating 
compressor, which is also a positive-displacement ma- 
chine, a rotary compressor does not typically require inter- 
nal suction or discharge valves. In addition, the flow from 
a rotary compressor is generally more uniform and has 
fewer pulsations than the flow from a reciprocating com- 
pressor. Included among the most common types of rotary 
compressors, which are typically mounted horizontally, 
are the following: 

a. Twin-screw compressors. As shown in Fig. 49, a 
twin-screw compressor, also referred to as a helical-lobe 
compressor, consists of two meshing helical rotors 
mounted on counterrotating parallel shafts that are en- 
closed within a close-clearance casing. As the rotors turn 
and unmesh adjacent to the inlet port, a low-pressure 
region is created and gas is drawn into the casing. With 
the continued rotation of the shafts, the gas is trapped in 
pockets formed between the cavities in each rotor and the 
casing’s inner wall and Is forced through the casing in an 
axial direction. The meshing of the lobes on the male rotor 
into the grooves in the female rotor reduces the volume 
of the trapped gas and, therefore, increases its pressure. 
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In single-stage machines, compression continues until the 
closed pocket of gas reaches the outlet port at the opposite 
end of the casing and is discharged from the compressor. 
In a two-stage screw compressor, however, before being 
discharged from the casing, the gas is passed through a 
second set of smaller rotors. To maximize efficiency, the 
compressor should be sized so that the reduction in the 
volume of the gas passing through its rotors and the 
corresponding compression ratio match the requirements 
of the system. 

In oil-flooded twin-screw compressors, oil is injected 
directly into the casing to lubricate and cool the rotors 
and to reduce the discharge temperature of the gas being 
compressed. The oil also helps to seal clearances between 
the rotors and the easing, which improves the volumetric 
efficiency. In these compressors, torque is generally 
transmitted directly from the male or main rotor on the 
driving or power shaft to the female or gate rotor on the 
idler shaft. When oil cannot be mixed with the gas being 
compressed, an oil-free dry compressor may be used. The 
casing furnished with a dry compressor often has external 
jackets through which cooling water is circulated. In addi- 
tion, in some oil-free compressors fresh water is injected 
directly into the casing, which not only cools the gas being 
compressed but also helps to seal internal clearances. So 
that this water can be reused, it is generally separated 
from the compressed gas in a receiver located down- 
stream from the compressor, passed through a heat ex- 
changer and a filter, and returned to the casing. To main- 
tain a clearance between the rotors and reduce wear, 
torque from the driving shaft to the idler shaft in an oil- 
free twin-screw compressor is usually transmitted 
through separate timing gears that are fitted on the end 
of each shaft. 

When timing gears are used, they must be sized so that 
the female rotor on the idler shaft will be driven at the 
proper speed, which is generally different from that of the 
driving shaft In higher-pressure twin-screw compressors 
the male rotor often has four lobes that mesh with six 
mating grooves on the female rotor. With this arrange- 
ment, the female rotor must rotate at a speed equal to 
2/3 of the male rotor's speed. Typical compression ratios 
per stage for these units can be as high as 4,2 in dry 
machines and 4.3 in oil-flooded machines. In low-pressure 
twin-screw compressors, which are also sometimes re- 
ferred to as blowers, an alternative configuration is often 
used consisting of a male rotor with only two lobes that 
mesh with four mating grooves on the female rotor. With 
this latter arrangement, the female rotor must turn at 
twice the speed of the male rotor. Compression ratios 
developed in the low-pressure machines, which typically 
operate without internal lubrication, generally do net ex- 
ceed 2 [28]. 

The rotors in a twin-screw compressor are often sup- 
ported by oiHubricated bearings mounted at both ends of 
each shaft. Some units are furnished with ball and roller 
bearings. Larger compressors, however, may have jour- 
nal-type radial and til ting-pad thrust bearings. Although 
a splash-type arrangement is sometimes used to distribute 


oil for bearing lubrication, in many machines the lubricat- 
ing oil is pressurized and circulated by the force of the 
gas being compressed or by a shaft-driven rotary gear 
pump. The pump typically removes the oil from a sump in 
the base of the compressor and delivers it, through a 
cooler and a filter, to the bearings (and timing gears, when 
used). In an oil-flooded compressor, oil is also supplied to 
the injection ports in the casing. The gas-and-oil mixture 
discharged from an oil-flooded compressor generally pas- 
ses through a separation device that removes a large por- 
tion of tl|e oil from the gas. This oil is then returned to 
the compressor's lubrication system. 

Twin-screw compressors are frequently provided with 
cast or ductile iron casings and steel, stainless-steel, or 
nickel-alloy rotors. Although the rotors in low-pressure 
units are often pressed on, or keyed to, steel shafts, one- 
piece rotors with integral shafts are generally used in 
higher-pressure compressors. Various types of labyrinth, 
carbon-ring, and mechanical seals are used for shaft seal- 
ing. In oil-free compressors seals are also required to 
prevent lubricating oil from mixing with the gas being 
compressed. The seals used are often cooled and lubri- 
cated by oil or water. 

Twin-screw compressors are typically driven at speeds 
from 800 to 20,000 rpm by motors, engines, or turbines. 
Compressor efficiencies can be in the range of 75 to S0% 
based on adiabatic compression. Efficiencies are less, 
however, with higher compression ratios and when heav- 
ier gases are compressed. The capacity delivered by a 
twin-screw compressor can be regulated by adjusting the 
unit's operating speed. In addition, some twin-screw com- 
pressors are fitted with an internal slide valve that can be 
opened to reduce the region of compression along the 
length of the rotors. When opened, this valve also allows 
a portion of the gas that is being compressed to be re- 
turned to the inlet side of the compressor. Although throt- 
tling a suction valve is sometimes used for capacity con- 
trol, it can result in high compression ratios and elevated 
discharge temperatures. 

b. Single-screw compressors. Rotary compressors 
are also built in single-screw configurations. The main 
rotor in these compressors consists of a screw with multi- 
ple helical grooves that is centered in a close-clearance 
casing and coupled, either directly or indirectly, to the 
driver. Gas entering the casing fills the cavities formed 
between the grooves of the rotating screws and the inner 
wall of the casing. This gas is then compressed against 
the teeth of gate rotors that are driven by and mesh with 
the screw. The volume within each rotating groove is pro- 
gressively reduced in a fashion similar to the way a sta- 
tionary piston would reduce the volume within a moving 
cylinder. 

In a machine with a cylindrical main rotor and planar 
gate rotor configuration, two flat-gate rotors resembling 
gears with straight radial teeth are fitted on vertical 
shafts and are mounted on each side of the horizontal 
screw or main rotor [29]. With this arrangement, the two 
gate rotors form seals along the main rotors horizontal 
centerline. Single-screw compressor configurations that 
include either a cylindrical main rotor with two cylindrical 
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gate rotors or two back-to-back conically shaped planar 
main rotors with four planar gate rotors have also been 
used. Although oil can be injected into the compressor's 
casing to lubricate the internal components and cool the 
gas being compressed, water is often injected into the 
casings of single-screw compressors used in applications 
requiring oil-free gas. Materials used in the construction 
of these water-flooded compressors include bronze for the 
main rotors and casings, stainless steel for shafts, and 
glass reinforced composites for the gate rotors, 

c. Straight-lobe compressors* A straight-lobe ro- 
tary compressor, which is similar in appearance to the 
lobe pump shown in Fig. 30, contains two rotors, also 
referred to as impellers, that are mounted on parallel 
counterrotating shafts. Each rotor typically has two or 
three involute or cycloidal-shaped lobes. As each lobe ro- 
tates past the inlet port, a constant volume of gas is 
trapped between the lobe and the inner wall of the casing 
and is forced towards the discharge port. The meshing of 
the lobes and the close clearances between the lobes and 
the casing limits the amount of gas that leaks back to the 
compressor's inlet. A straight-lobe compressor does not 
actually compress the gas being forced through its casing. 
The increase in the pressure of the gas results, instead, 
from the resistance caused by the system back pressure. 
Although many of these compressors are single-stage ma- 
chines, two-stage configurations are also used. Straight- 
lobe compressors are often furnished with cast-iron, duc- 
tile-iron, or aluminum casings and rotors. Shafts are gen* 
eraliy supported at both ends by either ball or journal 
bearings. 

Due to the shape of the rotors in a straight-lobe com* 
pressor, torque must be transmitted from the driving 
shaft to the idler shaft through timing gears. The gears, 
together with the outboard bearings, are generally lubri- 
cated with oil that is either distributed by splashing or 
pressurized and circulated by a shaft-driven gear pump. 
The inboard or driver- end bearings may also be lubricated 
with oil or, for less severe duty, they may be grease lubri* 
cated. Lip or labyrinth seals are often installed adjacent 
to each bearing to prevent the lubricant from mixing with 
the gas being compressed. In some larger units mechani- 
cal seals may also be used. Typical operating speeds for 
straight-lobe compressors do not exceed 1800 rpm. 

d. Sliding- vane compressors. Many sliding*vane 
compressors are similar in appearance to the vane pump 
shown in Fig, 31 and contain a single cylindrical rotor on 
a shaft that is mounted eccentrically within a cylinder, A 
set of radial vanes is fit into slots that are equally spaced 
around the circumference of the rotor. Because of centrif- 
ugal force and. in some cases, springs, as the rotor turns 
the tip of each vane stays in contact with the inner wall 
of the eccentric cylinder. Consequently, the vanes are 
forced to slide into and out of their slots in the turning 
rotor. As each pair of adjacent vanes sweeps past the 
compressor's inlet port, the vanes move radially outward 
from the rotor. Gas entering the cylinder is trapped within 
the cavity formed between the extended vanes. With the 
continued rotation of the shaft, the vanes are gradually 


pushed back into the rotor by the inner wall of the eccen* 
trie cylinder. The reduction in the volume of the trapped 
gas results in a corresponding increase in its pressure. 
Compression continues until the leading vane reaches the 
outlet port, at which time the gas enters either the dis* 
charge piping or, in the case of a two-stage machine, the* 
compressor's second stage. Two-stage sliding vane com- 
pressors can be furnished with both rotors mounted on a 
common shaft in an "in-line" configuration, or with the 
second stage mounted directly beneath the unit's first 
stage in an "over-under" configuration. To reduce the 
temperature of the gas being compressed, cooling water 
is sometimes circulated through external jackets that sur- 
round the compressor’s cylinder. Intercoolers, for two- 
stage machines, and aftercoolers are also frequently pro- 
vided with these compressors. 

A roller bearing is often mounted at. each end of a slid- 
mg- vane compressor's rotor. In addition, mechanical seals 
or packing are generally used for shaft sealing. The bear- 
ings and seals are often lubricated with oil that is pressur- 
ized by a small shaft-driven multi-plunger pump and dis- 
tributed through individual supply lines to each point of 
lubrication. Oil discharged from the plunger pump may 
also be injected into the compression chamber to provide 
lubrication for the rotating vanes. As an alternative to the 
individual forced-feed arrangement in flooded compres- 
sors a large amount of oil is continuously injected directly 
into the cylinder and not only lubricates the compressor's 
components but also cools the gas being compressed. Con* 
sequently, external cooling jackets and intercoolers are 
generally not required with flooded compressors. Sliding- 
vane compressors can also be designed to operate with 
n on-lubricated cylinders when oil-free gas is required. 
Sliding- vane compressors are frequently furnished with 
a cast-iron cylinder and a steel shaft that has either an 
integral or a separate cast-iron rotor. Vane materials in- 
clude phenolic resins in compressors that have a lubri- 
cated cylinder and carbon in oil-free compressors. The 
capacity delivered by a sliding-vane compressor can be 
adjusted by varying the operating speed. An unloader 
valve that closes when the pressure in the discharge line 
reaches a preset value is often installed at the inlet to 
the compressor. When the unloader is activated, it also 
simultaneously opens a relief valve that allows the com- 
pressor to discharge to the atmosphere. 

e, Li quid -ring compressors. Liquid-ring compres- 
sors are identical in design to the liquid-ring vacuum 
pumps described previously in Section 1 and illustrated 
by Fig. 33. They are used primarily in applications requir- 
ing oil-free compressed gas. Due to the use of a liquid 
compressant, which is often w^ater, these machines are 
also suitable for compressing gas that may already be 
mixed with a liquid prior to entering the compressor. Be* 
cause it is liquid and not the machine's rotor that com- 
presses the gas being handled, the wear rate of internal 
components is generally low. In addition, because the liq- 
uid absorbs much of the heat generated during compres- 
sion, the need for intercoolers or an aftercooler is elimi- 
nated. A portion of the liquid compressant is usually 
discharged from the compressor with the gas that has 
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been compressed. This liquid is frequently removed from 
the gas in a separator that is installed at the compressor's 
outlet. The liquid is then circulated through a heat ex- 
changer and returned to the compressor. 

2.5 Marino Compressor Applications. 

a. Ship’s service air. A ship’s service air compressor 
supplies compressed air to locations throughout the vessel 
for various uses, such as operating pneumatic tools, clean- 
ing equipment, and charging air chambers used as pulsa- 
tion dampeners for reciprocating pumps. Typical condi- 
tions of service for compressors used in this application 
include rated capacities in the range of approximately 100 
to 1250 cfm at discharge pressures from 100 to 150 psig. 
Because of the relatively low discharge pressures devel- 
oped by these units, they are sometimes referred to as 
low-pressure air compressors. A ship's service air com- 
pressor frequently operates at a constant speed and is 
cycled on and off, as needed, to keep the pressure in the 
air system's receivers between two preset values. 

Reciprocating compressors used in this application are 
often two-stage machines. They can be furnished in air- 
cooled or water-cooled configurations and with lubricated 
or n on-lubricated cylinders. In an air compressor with 
lubricated cylinders, a breather line is generally provided 
from the top of the crankcase to the suction port, which 
acts as a vent and prevents the pressure within the crank- 
case from building up due to the accumulation of com- 
pressed air that may blow past the piston rings. The num- 
ber of cylinders used varies depending on the capacity 
required, which is generally less than 600 cfm when recip- 
rocating compressors are used. These compressors are 
often furnished with strip or ring-plate air valves. 

Single- and twin-screw rotary, liquid-ring, and 
multistage-centrifugal compressors have also been used 
in ship's service air systems. 

b. High-pressure air. A high-pressure air compres- 
sor typically supplies capacities in the range of 5 to 30 cfh 
at discharge pressures from 1000 to 5000 psig. Uses for 
this air include operating pneumatic machinery, gas tur- 
bine starting, and diesel engine emergency starting. This 
air may also be supplied through a reducing valve to the 
ship’s service air system. Four- and five-stage reciprocat- 
ing compressors are frequently used in this application. 
The lower-pressure stages in these compressors may be 
fitted with strip air valves. Ring-plate valves are, how- 
ever, often used in intermediate-pressure stages, and disk 
valves are installed in many higher-pressure stages. Al- 
though high-pressure compressors are sometimes air 
cooled, the cylinders in many machines are fitted with 
external cooling jackets through which seawater or fresh 
water is circulated. In addition, although the cylinders in 
some compressors are lubricated, many units are fur- 
nished in a non-lubricated configuration. 

c. Refrigeration and air conditioning. Compres- 
sors in vapor-compression refrigeration and air-condition- 
ing systems raise the pressure of refrigerant that has 
vaporized within the evaporators. Air-cooled reciprocating 
compressors that have from one to sixteen cylinders are 
often used in this application. Low-horsepower units, such 


as those furnished with reach in refrigerators and freez- 
ers, water coolers, and ice-cube machines, are frequently 
supplied in a close-coupled configuration with the com- 
pressor’s connecting rods mounted directly on the ex- 
tended shaft of an electric motor. In addition, the entire 
compressor and motor assembly is typically hermetically 
sealed within a steel shell. In an open-drive refrigeration 
compressor, which has no shell, the crankshaft is coupled 
directly, through a reduction gear, or through a multi- V- 
belt drive arrangement to a separately mounted driver. 
Open-drife compressors typically have an enclosed pres- 
sure-tight crankcase. With this arrangement, a crank- 
shaft seal is required to prevent the leakage of refrigerant 
and lubricating oil at the location where the drive-end of 
the crankshaft passes through the casing. The crankshaft 
seal, which is usually a mechanical-type seal, also pre~ 
vents aif from leaking into the compressor if the pressure 
within the crankcase drops below atmospheric pressure. 

Although some large units have double-acting pistons 
that are mounted horizontally, many reciprocating re- 
frigeration compressors are fitted with single-acting pis- 
tons in vertical in-line, V, or W cylinder configurations. 
With single-acting trunk pistons, the cylinder’s suction 
and discharge valves are located in the cylinder head. 
When a single-acting double-trunk piston design is used, 
however, only the discharge valve is in the cylinder head. 
Refrigerant that enters the compressor initially passes 
through an inlet port in the side of each cylinder’s inner 
wall and enters a hollow piston. The vapor is then admitted 
into the upper portion of the cylinder through a suction 
valve located in the top of the piston [30]. 

The valves used in reciprocating refrigeration compres- 
sors are often similar to the strip and ring-plate valves 
used in air compressors. In addition, spring-loaded poppet 
valves are sometimes used. A poppet valve’s seat can be 
located flush with the inner wall of the cylinder head; 
consequently, the use of poppet valves results in a reduced 
clearance volume and in an improved volumetric effi- 
ciency. Because poppet valves move more slowly than 
many other types of compressor valves, they are gener- 
ally installed only in slower-speed compressors. Other 
valves used in refrigeration compressors include the dia- 
phragm type, which has several flat circular disks that 
are fixed in the center and flex at their periphery to un- 
cover the valve ports, and the flapper or reed type, which 
has a thin flexible reed that is secured at only one end. 
This arrangement enables the free end of the reed to 
flex and uncover the valve port. In larger refrigeration 
compressors, each discharge valve is often mounted in a 
secondary safety head that fits over the upper end of the 
cylinder. During normal operation, the safety head, which 
is held in place by a heavy coil spring, remains stationary. 
However, if the piston attempts to compress liquid, the 
safety head lifts because of the resulting increase in pres- 
sure and permits the liquid to be discharged from the 
cylinder. 

The capacity passing through a reciprocating refrigera- 
tion compressor can be controlled by varying the unit’s 
operating speed or by using unloaders during constant- 
speed operation. 
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Many units are automatically cycled off when the suc- 
tion pressure drops below a preset value. The resulting 
low pressure in the crankcase reduces the amount of re- 
frigerant that can be absorbed by the compressor’s lubri- 
cating oil, A crankcase heater that is energized when the 
compressor is stopped may also be used to limit refriger- 
ant absorption. If the suction pressure rises above the 
set point, the compressor is restarted and the crankcase 
heater is de-energized. A separator is sometimes installed 
at the compressor’s outlet to remove lubricating oil from 
the discharged refrigerant. The oil is then returned to the 
compressor’s crankcase. Oil that is not removed from the 
high-pressure refrigerant usually returns to the compres- 
sor after being circulated through the refrigeration sys- 
tem. A portion of this oil often is separated from the 
refrigerant by impingement at the inlet to the compressor 
and is drained to the crankcase. A check valve is fre- 
quently installed in the oil drain line to prevent the pres- 
sure in the crankcase from being reduced suddenly when 
the compressor is started, which could result in the rapid 
vaporization of liquid refrigerant that may be mixed with 
the lubricating oil stored within the crankcase and in the 
foaming of the oil. After start-up, the pressure in the 
crankcase is initially greater than the pressure at the 
compressor’s inlet and the check valve remains closed. 
However, a small bleed port that bypasses the check valve 
is usually provided to permit the pressure within the 
crankcase to be slowly reduced and enable the check valve 
to open. The bleed port also serves as a vent to return 
back to suction vapor that blows past the compressor’s 
piston rings. 

In addition to reciprocating compressors, rotary twin- 
screw and sliding- vane compressors are also used in re- 
frigeration service, A sliding-vane refrigeration compres- 
sor’s discharge port is often fitted with a flapper-type 
check valve to prevent high-pressure refrigerant from 
backing up into the evaporator when the compressor is 
stopped. Some small rotary refrigeration compressors and 
their motors are furnished as hermetically sealed units. In 
high-capacity refrigeration plants, single- and multistage 
centrifugal compressors may be used. The capacity deliv- 
ered by a centrifugal refrigeration compressor can be 
adjusted by throttling the suction valve, adjusting the 
angle of “prerotation” vanes in the suction area of the 
casing, varying the unit’s operating speed, or varying the 
temperature or flow rate of the water passing through 
the refrigeration system’s condenser. Because of the in- 
crease in the compressor’s discharge pressure that results 
from an increase in the condensing temperature, a centrif- 
ugal refrigeration compressor’s capacity drops as the con- 
denser’s cooling-water temperature increases. 

d. Instrument and control air. An instrument and 
starting air compressor delivers compressed air to pneu- 
matically operated instruments and control systems, such 
as those used for combustion control. Non-lubricated re- 
ciprocating compressors are sometimes used in this appli- 
cation. In addition, because of their ability to deliver clean 


air, liquid-ring compressors are also used. Typical condi 
tions of service include a rated capacity of 100 cfm at 
discharge pressures from 125 to 150 psig. 

e. Starting air. A starting air compressor charges 
the receivers that store air used to start diesel engines. 
Reciprocating compressors are often used in this applica- 
tion. Typical conditions of service include capacity ratings 
in the range of 10 to 50 cfm at discharge pressures from 
250 to 750 psig. The starting air compressor is sometimes 
driven directly off the engine. However, when this ar- 
rangement is used, a separately driven compressor must 
also be provided to charge the starting air receivers while 
the engine is stopped. 

f. Oxygen-nitrogen plant. On some vessels, com- 
pressors supply air to separation plants that generate 
oxygen and nitrogen for shipboard use. Reciprocating 
compressors rated to deliver a capacity of approximately 
30 cfh at a discharge pressure of 3000 psig are often used 
in this application. In addition, centrifugal compressors 
that deliver approximately 1750 cfm of compressed air at 
a discharge pressure of approximately 90 psig are used 
in low-pressure oxygen-nitrogen plants. 

g. Sewage treatment. In activated-sludge sewage 
treatment systems, rotary straight-lobe compressors are 
sometimes used to supply high capacities of low-pressure 
air to aerate and agitate macerated sludge collected in 
the vessel’s sew T age- treatment tanks. Typical conditions of 
service for these compressors include a rated capacity of 
approximately 2000 cfm at discharge pressures from 6 to 
10 psig. In addition, multistage reciprocating compressors 
that develop pressures up to 3200 psig are frequently 
used in wet-oxidation sewage-treatment systems to com- 
press air that is mixed with macerated sludge entering 
the system’s oxidation reactor. 

h. Gas turbine. A compressor forms an integral part 
of a gas turbine and is used to supply air to the combustion 
chamber that precedes the power-producing turbine. In 
single-shaft units, the compressor’s rotor is driven by, 
and mounted on, the same shaft as the turbine. In larger 
multishaft units, however, the compressor is driven by a 
separate turbine from the power turbine that drives the 
load. This arrangement permits the speed of the power 
turbine to be adjusted without affecting the compressor’s 
speed. 

Single-stage centrifugal compressors with semiopen 
impellers and volute-type casings are often used with 
smaller gas turbines. To increase pressure recovery, the 
air discharged from the impeller may also pass through a 
vaned or vaneless diffuser before entering the volute. 
Axial compressors with from 6 to 20 stages are used with 
larger gas turbines, such as those furnished for main 
propulsion. In addition, mixed-flow compressors and com- 
bination compressors consisting of one or more axial 
stages followed by a single centrifugal stage are used 
with some gas turbines. This latter configuration enables 
the compressor to deliver low capacities of air at high 
pressures. 
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Section 3 
Blowers 


3J Fundamentals. Blowers are used to supply rela- 
tively large quantities of low-pressure air to various desti- 
nations throughout the vessel. A blower is defined as a 
machine that delivers air at discharge pressures up to 
40 psig [27]. Although radial- and axial-flow kinetic-type 
machines are often used as blowers, reciprocating and 
rotary positive-displacement blowers have also been used. 
The term fan is generally applied to radial- and axial- 
flow blowers that increase the density of the air passing 
through them by a maximum value of o%, This corre- 
sponds to a discharge pressure of approximately 1 psig 
based on inlet air at atmospheric pressure [7], 

3,2 Dynamic Blowers. 

a. Centrifugal blowers. In a centrifugal blower in- 
coming air is directed into the eye of a rotating open, 
semiopen, or dosed impeller that increases the air's veloc- 
ity and static pressure. After passing through the impel- 
ler the air is often discharged radially through a station- 
ary diffuser or scroll-shaped volute in which a portion of 
the velocity head is converted into static pressure head, 
and then through a tangential outlet port in the blower's 
casing. Both single- and double-suction impellers are used. 
The impellers can have forward-curved blades, straight- 
radial blades, or back ward -curved blades. In addition, 
blades having a double curvature may also be used. Cen- 
trifugal blowers with back ward -curved blades typically 
operate at higher speeds and are generally more efficient 
than blowers with radial- or forward-curved-blades. 

b. Axial- flow blowers. Air handled by an axial-flow 
blower passes through the casing in an axial direction. 
In a 1 Vaneaxial” blower the shaft-mounted rotor, which 
consists of a hub with multiple airfoil-shaped blades ex- 
tending from its periphery, is enclosed within a stationary 
cylindrically-shaped housing. Stationary guide vanes are 
provided at the housing's outlet to straighten the flow of 
the air being discharged. The tips of the rotor's blades in 
a vaneaxial blower are sometimes joined by an outer ring. 
A tubeaxial blower is similar to a vaneaxial design, except 
that tubeaxial blowers do not have stationary guide vanes. 
In a propeller blower a simpler rotor design is used con- 
sisting of as few as two relatively long constant-thickness 
or airfoil-shaped blades mounted around the circumfer- 
ence of a relatively small hub, 

c. Dynamic blower performance characteristics. A 
blower's theoretical or Euler head can be calculatedmsing 
the same equations previously derived for centrifugal 
pumps. Because of slip, entrance and exit losses, and 
losses due to friction and diffusion in flow channels, the 
actual total head developed by a blower is less than the 
Euler head. Pressures at the inlet and outlet of a blower 
are often measured with water manometers; conse- 
quently, the total differential pressure across a blower or 


fan, which is commonly referred to as “fan total pres- 
sure/' is frequently expressed in terms of inches of water 
gage (in^wg). 

The conversion of fan total pressure in in. wg to total 
head in feet of air can be performed using 
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(61) 


where 

i 

H a = total head, ft air 

h w —* fan total pressure, in. wg 

p a — density of air entering the blower, pcf 

p w = density of water at 68 F, 62.3 pcf 

Rated conditions of service for blowers are often based 
on standard inlet conditions of 14.7 psia at 68 F, which 
results in a value for p a of 0.075 pcf. 

Aerodynamic losses , internal leakage losses, disk fric- 
tion, and mechanical losses are accounted for in the blower 
efficiency, which is the ratio of the air horsepower or 
the work performed by the blower divided by the brake 
horsepower required to drive the blower. The following 
equations can be used to calculate air horsepower and 
blower efficiency: 


and 
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(62) 


Vb = 7^ < 63 ) 

r B 

where 

P a = air horsepower, hp 

P B — brake horsepower required to drive blower, hp 
— blower efficiency, %/ 100 
5 = mean volumetric flow rate or capacity, cfm 

Because of the low heads developed by most blowers, 
the compressibility of the air passing through them is 
often negligible and can be ignored. Consequently, a blow- 
er's volumetric capacity is frequently assumed to remain 
constant from inlet to outlet. In addition, because the 
difference between the velocity head of the air entering 
and leaving a blower can be small when compared with 
the increase in static pressure head, blower performance 
is sometimes shown by plotting static pressure versus 
capacity. 

Typical performance curves for centrifugal and axial- 
flow blowers are illustrated in Figs. 50, 51, and 52. As 
shown in these figures, while the head-capacity curve for a 
centrifugal blower can be relatively flat during operation 
below the best efficiency point, the head developed by an 
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Fig. 50 Characteristic curves for centrifugal blowers with straight, partially 
bock ward-curved, and forward- curved blades 


Fig. 51 Chqroetemtic curves for centrifugal blowers with backward-curved 

blades 


axial-flow blower can rise sharply with reductions in flow 
rate. In addition, the horsepower required by a centrifugal 
blower with backward-curved blades typically begins to 
drop as the capacity increases beyond a flow rate that is 
generally at or just to the right of the best efficiency 
point. 

With forward-curved blades, however, a centrifugal 
blower's power requirement often continues to increase 
with flow rate. Although the power required by an axial- 
flow blower drops to the right of the best efficiency point, 
it can rise as the flow rate approaches shutoff. Equations 
(29), (30), and (31) given previously for centrifugal pumps 
can also be used for fans and blowers. 

At low flow rates the performance of a blower can be 
affected by stalling at the inlet to the rotor or stator. In 
addition, in the case of axial-flow blowers, after stalling 
begins the surge limit can shift to a higher capacity. This 
hysteresis effect often results in the formation of two 
different head-capacity curves in an axial-flow blower's 
low-flow region of operation, with the curve representing 
blower performance when the capacity is being increased 
located slightly to the right of the curve representing 
performance when the flow rate is being reduced. 

3.3 Positive-Displacement Blowers, Positive-displace- 
ment rotary blowers are used in some applications. These 


blowers are generally helical-lobe, straight-lobe, or slid- 
ing-vane type units and are similar in design to the corre- 
sponding types of rotary compressors described in Section 
2. Although less common, in some applications reciprocat- 
ing blowers may be used. 

3.4 Marine Blower Applications, 
a. Forced draft A forced-draft blower is used to 
supply combustion air to fossil-fueled boilers on steam- 
powered vessels. The capacity of air delivered to the boil- 
er's burners generally exceeds the theoretical amount re- 
quired for complete fuel combustion by a value of approxi- 
mately 15%. The capacity actually passing through the 
forced-draft blower, however, must also account for air 
leakage losses in the discharge duct, air heater, and boiler 
casing. In addition, allowances must be made to account 
for changes in the temperature, pressure, and relative 
humidity of air entering the blower, and the composition 
and heating value of the fuel being burned in the boiler. 
On oil-fired vessels forced draft blowers are often sized 
to deliver 260 ft s of air for each Ibm of fuel burned at the 
boiler's maximum rating. This results in blower capacity 
ratings that can exceed 30,000 cfm. The discharge pres- 
sure that must be developed by a forced-draft blower is 
affected by the pressure drop in the air heater and in the 
boiler’s double casing, the number of burners in operation, 
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and the pressure drop in the burner air registers* Centrifu- 
gal forced-draft blowers containing radial- or forward- 
curved blades have been used on vessels with low to mod- 
erate combustion air pressure requirements. On vessels 
with higher furnace-pressure requirements, however, 
centrifugal blowers with backward-curved blades and 
multistage propeller blowers are generally used. 

A centrifugal forced-draft blower, which is shown in 
Fig. 53, is typically a single-stage machine that is driven 
by either an electric motor or a steam turbine. Although 
an inlet trunk is sometimes used to direct the flow of 
incoming air to the blower, forced-draft blowers that take 
suction through screened openings directly from the ma- 
chinery spaces are also used, A double-inlet centrifugal 
blower has inlet openings at both ends of the casing and 
is often mounted horizontally. It is usually fitted with a 
double-suction impeller that is centered on a shaft sup- 
ported radially at each end by either journal or antifriction 
bearings. A thrust bearing is also provided. The bearings 
are lubricated with oil distributed either by partially sub- 
merged rings that are mounted on, and turn with, the 
shaft or through a pressurized forced-feed system. The 
pressurized system frequently includes a rotary gear 
pump that is driven off the blower's shaft. The pump 
removes lubricating oii from a sump or reservoir and dis- 
charges it to the bearings. After passing through the 
bearings, the lubricating oil drains back to the reservoir 
by gravity. Many pressurized lubrication systems also 
include a filter and a cooler for the oik A double-inlet 
blower is generally connected to its driver with a flexible 



Fig, 53 Centrifugal forced-draft blower 


coupling. In a single-inlet centrifugal forced-draft blower, 
however, a single-suction impeller is often mounted di- 
rectly on the end of the driver's output shaft. When a 
close-coupled unit is mounted vertically, the blower is typi- 
cally located above the driver. Air leaving a centrifugal 
forced-draft blower's impeller generally passes through 
a stationary diffuser or volute and is discharged through 
a tangential opening in the side of the casing. 

Single-stage axial-flow blowers have been used on some 
older vessels; however, most axial-flow forced-draft blow- 
ers are furnished in two- and three-stage configurations. 
As shown in Fig. 54, each blower stage consists of a rotat- 
ing propeller, consisting of multiple individual blades 
attached to a hub, followed by a row of stationary guide 
vanes* A set of stationary guide vanes is also frequently 
installed in the blower's inlet, and a diffuser usually fol- 
lows the blower's last stage. Air leaving the diffuser pas- 
ses through the blower’s discharge port, which typically 
forms the transition between the cylindrical portion of the 
casing and a rectangular discharge duct Propeller-type 
forced-draft blowers are often driven by steam turbines. 
In many of these units the turbine's rotor and the blower's 
propellers are mounted on a common shaft. The shaft is 
sometimes supported radially by two journal bearings. 
With this arrangement one of the bearings is mounted 
on the driver side of the propellers, while the second is 
installed near the outboard end of the turbine. A thrust 
bearing is also mounted on the shaft to absorb axial loads 
applied to the combined rotating assembly. All of the bear- 
ings are lubricated with oil that is pressurized and circu- 
lated by a shaft-driven pump. When mounted vertically, 
the propeller blower is generally located above its driver. 
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Fig. 54 Axial-flow forced-draft blower 


With this configuration the casing's inlet opening is typi- 
cally located at the top or outboard end of the blower. 
Horizontally mounted propeller blowers, however, have 
been furnished with an inlet opening at either end of the 
easing. 

Centrifugal forced-draft blowers typically operate at 
speeds as high as 1800 rpm and deliver air at pressures 


up to 25 in. wg, while multistage propeller forced-draft 
blowers are driven at speeds from 5000 to 10,000 rpm and 
can develop discharge pressures in excess of 45 in. wg. 
When the driver has a variable- or multiple-speed capabil- 
ity, the capacity of air delivered can be adjusted by chang- 
ing the blower's operating speed. In addition to speed 
control, adjustable inlet guide vanes and outlet dampers 
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are also used to vary the capacity delivered by some 
forced-draft blowers. 

On many ships two forced-draft blowers are provided 
per boiler. With this arrangement, each blower is fre- 
quently sized to handle the boiler's full-load air require- 
ments, However, if a boiler overload condition occurs, 
both blowers are operated in parallel. During this type of 
operation, it is important that both blowers operate at the 
same speed so that one unit does not force the second to 
deliver an excessively low capacity. To insure that steam- 
turbine-driven forced-draft blowers operating in parallel 
are driven at the same speed, the throttle or nozzle control 
valves for each turbine are often linked mechanically so 
that both turbines receive the same amount of steam. To 
prevent an idle forced-draft blower from being driven in 
reverse by pressurized air in the discharge duct, auto- 
matic shutters that close when the driver is stopped are 
usually installed at the inlet or outlet of each blower. In 
addition, some forced-draft blowers are fitted with anti- 
reverse rotation devices. 

b. Diesel-engine scavenging and supercharging. 

Blowers are used with many diesel engines to supply the 
air necessary for combustion to the engine's cylinders. 
When the pressure of this air is increased above atmo- 
spheric pressure, referred to as supercharging, the power 
output of the engine is increased. In addition, in a two- 
stroke engine the air supplied by the blower helps to purge 
the engine's cylinders of exhaust gas. This is referred to 
as scavenging. 

Reciprocating blowers are sometimes used for scaveng- 
ing. The blower is often driven through a connecting rod 
directly by the engine's crankshaft. Because of the low 
pressures developed by these blowers, their valves and 
valve springs must generally be very light. However, 
these lighter valves do not respond quickly during high- 
speed operation; therefore, the use of reciprocating blow- 
ers is typically limited to low-speed engines. To reduce the 
air-cylinder diameter, a single blower cylinder is some- 
times replaced by twin cylinders that are mounted in tan- 
dem and are fitted with pistons installed on a common 
rod. A disadvantage of the reciprocating blower is that 
the oil used to lubricate its cylinders can mix with the air 
being compressed, be carried over into the engine, and 
result in the formation of deposits on the engine’s exhaust 
ports. 

Straight- and helical-lobe rotary blowers are sometimes 
used for scavenging and supercharging with high-speed 
engines. To a lesser extent, sliding-vane blowers are also 
used in these applications. The rotors in rotary blowers 
are often supported by antifriction bearings that are 
mounted at the ends of each shaft. The bearings, together 
with timing gears, when used, are generally oil lubricated. 
Rotary blowers can be driven by the engine's crankshaft 
through a gear, chain, or V-belt T or by a separate electric 
motor. However, when the blower is engine driven its 
operating speed and, therefore, the capacity that it deliv- 
ers will automatically be adjusted to match the speed of 
the engine. This results in the delivery of a relatively 
constant capacity of air per combustion cycle to each en- 
gine cylinder at all operating speeds. These blowers, 


which typically operate at speeds of 2000 to 6000 rpm, 
are usually rated to deliver capacities up to 900 cfm at 
pressures from 2 to 15 psig. 

Single- and, in some cases, two-stage centrifugal blow- 
ers fitted with multi-vaned diffusers or volute-type cas- 
ings are also used as superchargers. Although some of 
these blowers are driven by the engine through gears, 
because of the high blower speeds, which can be in the 
range of 10,000 to 50,000 rpm, torque is often transmitted 
to engine-driven centrifugal blowers through elaborate 
clutches fend fluid couplings. This helps to prevent the 
blower from being damaged by sudden changes in engine 
speed. Because the pressure developed by a centrifugal 
blower increases with the square of its operating speed, 
engine-driven centrifugal blowers are generally suitable 
for use only with engines that operate at constant speeds, 
or when the power required from the engine is reduced 
with speed. As an alternative to an engine drive, some 
centrifugal blowers are driven by electric motors. In addi- 
tion, many centrifugal superchargers are close coupled to 
turbines that are driven by the engine's exhaust gas. With 
this arrangement, the blower, which is referred to as a 
turbocharger, operates at a speed that varies with engine 
load. Turbocharger compression ratios can be as high as 
4,0. The common shaft used in smaller turbochargers is 
often supported by two sleeve bearing located between 
the overhung impeller and turbine rotor. In larger units, 
however, the shaft may extend through both the eye of 
the impeller and the turbine's hub and be supported by 
bearings at each end. Although a turbocharger's bearings 
may be lubricated with oil supplied from the engine’s lu- 
brication system, some units have their own independent 
lubrication systems that include separate pumps, filters, 
and coolers. The turbine casings used with larger turbo- 
chargers are frequently cooled with water from the en- 
gine's jacket-water cooling system. This wafer may also 
be used to cool the turbocharger's turbine-end bearings. 

c. De-ballasting. Instead of pumping seawater out 
of ballast tanks, on some vessels the water is forced out 
of ballast tanks with compressed air. Helical-lobe type 
blowers that deliver a capacity of approximately 2000 cfm 
at a discharge pressure of 20 psig are often used in this 
application. 

d. Ventilation, Radial- flow centrifugal and axial- 
flow fans are often used to provide air for ventilation to 
spaces throughout the vessel, as discussed in Chapter 21. 
Centrifugal fans are typically of the single-inlet design. 
Although smaller units may have forward-curved blades, 
centrifugal fans that deliver over 1000 cfm of air fre- 
quently have backward-curved blades. Many centrifugal 
fans are driven through V-belts by electric motors at 
speeds not exceeding 1800 rpm. To avoid an overload, the 
motors that drive fans with forward-curved blades must 
generally be sized based on the free-flow capacity. The 
motors used with centrifugal fans that have backward- 
curved blades, however, can usually be sized based on the 
horsepower requirement near the best efficiency point. 

Vaneaxial fans are also used in many ventilation sys- 
tems. Although the fan's rotor is sometimes driven 
through a V-belt by an electric motor that is mounted 


external to the housing, in most vaneaxial fans the rotor 
is mounted directly on the drive motor's extended shaft. 
With this close-coupled configuration, the motor is located 
within the fan's housing and is, therefore, in the air- 
stream. The rating point for a vaneaxial fan is generally 
to the right of the dip in the head-capacity curve; however, 
the fan's motor is frequently sized with a power margin 
so that an overload will not occur during operation at 
reduced flow rates. Vaneaxial fans can be used to deliver 
from approximately 500 to over 10,000 cfm of air at pres- 
sures ranging from 2 to 14 in. wg. When low-pressure 
air is required, tubeaxial fans are sometimes used. In 


4.1 Fundamental*. Ejectors, which are also referred 
to as jet pumps, are used to remove gases or liquids from 
various locations on the vessel. Unlike a pump or a com- 
pressor, an ejector has no moving parts or mechanical 
driver. Instead, the pumping action is created as a pressur- 
ized fluid, referred to as the motive or operating fluid, 
that is supplied from an external source passes through 
the ejector. 

4.2 Steam-Jut Ejector*. A steam jet ejector is used to 
remove air or other noncondensable gases from equip- 
ment that must operate under a vacuum. As shown in Fig. 
55, an ejector consists primarily of a body with a suction 
port, a venturi-shaped diffuser tube, and a discharge port. 
Also included is a nozzle, usually of the converging-di- 
verging type, through which steam is admitted into the 
portion of the body referred to as the suction chamber. 
As the steam expands in the nozzle, its pressure is reduced 
to the pressure in the ejector's suction chamber, which 
results in an increase in the steam's velocity to values as 
high as 3000 to 5000 fps. Air and other noncondensable 
gases present in the suction chamber become entrained in 
the high-velocity jet of steam and are carried into the 
converging section of the diffuser tube. The evacuation 
of this gas from the suction chamber creates a partial 
vacuum at the ejector's inlet that draws more gas through 
the suction line and into the ejector. As the steam and gas 
pass through the parallel section of the diffuser tube, they 
are thoroughly mixed. The velocity of this mixture is then 
reduced in the diffuser tube's diverging section. The re- 
sulting increase in the pressure of the steam and gas 
mixture enables it to be discharged from the ejector. Al- 
though the discharge pressure from an ejector is higher 
than the pressure at the suction inlet, referred to as the 
suction pressure, this discharge pressure is less than the 
pressure of the motive steam. 

Ejectors can operate individually as single-stage compo- 
nents or can be furnished in a multistage configuration 
consisting of several ejectors arranged in series. In addi- 
tion, depending on the amount of gas that must be han- 
dled, an ejector can be operated as a single-element unit 
cr as part of a multiple-element assembly consisting of 


addition, propeller fans can deliver ventilating air when 
total pressure requirements do not exceed 0.5 to 0.75 in, 
wg. 

Methods that can be used to control the capacity being 
delivered by a ventilation fan, listed In descending order 
based on energy efficiency, include varying the operating v 
speed, adjusting the angle of nonrotating inlet guide 
vanes, and throttling with an outlet damper. In addition, 
the capacity delivered by some axial-flow fans can be reg- 
ulated by changing the pitch or the stagger angle of 
blades in the rotor. Small ventilation fans are often por- 
table. 


two or more ejectors arranged for parallel operation. Fur- 
thermore, an ejector can be classified as being either con- 
densing or noncondensing based on whether or not the 
discharged motive steam is condensed to water. This con- 
densation can take place in an after-condenser installed 
downstream from the ejector. In multistage condensing 
ejectors, additional heat exchangers, referred to as inter- 
condensers, are also frequently installed between succes- 
sive stages. 

An ejector's performance can be rated based on the 
ratio of the pressure at the discharge port divided by the 
pressure at the suction port, referred to as the compres- 
sion ratio. This ratio is affected by the pressure of the 
steam that is used to operate the ejector, the vacuum that 
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Fig. 55 Steam-jet air ejector 
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ABSOLUTS PRESSURE AT SUCTION - INCHES MERCURY 

Fig. 56 Capacity of single-stage elector for various air suction pressures 
and temperatures 



ABSOLUTE PRESSURE AT SUCTION - EfYCHES MERCURY 





Fig. 57 Capacity of a two- stage ejector with inter- and after-condenser 
far various air suction pressures and temperatures 


must be maintained at the suction inlet to the ejector, 
and the desired rate of steam consumption. For stable 
operation and to prevent reverse flow through the ejec- 
tor's body, which can result in a partial or total loss of 
vacuum, it is important that steam be supplied to the 
ejector at a constant flow rate and at a pressure above an 
established minimum value. To account for fluctuations 
in the pressure of the motive steam, the steam is often 
supplied to an ejector at a nominal pressure that is approx- 
imately 10 psig above the minimum value required. How- 
ever, the higher pressure generally results in an increase 
in the steam consumption rate. 

The size of the steam nozzle must be reduced as the 
operating steam pressure is increased, which increases 
the likelihood for fouling; consequently, operation with 
excessively high steam pressures is generally avoided. 
Typical motive steam pressures range from 80 to 150 psig 
for small-capacity ejectors, but can be as high as 300 psig 
for larger units. The steam used may be superheated to 
prevent nozzle erosion and the detrimental effects on ejec- 
tor performance that can result from operation with wet 
steam. In addition, separators are sometimes installed in 
the ejector's supply line to remove water that may be 
mixed with the motive steam. 

Single-stage ejectors can typically be used for vacuum 
requirements up to 27 in. Hg. For vacuums up to 29 in. 
Hg, two-stage units are generally used. Although three- 
stage ejectors can be more efficient when operating with 
these high vacuums, the use of three-stage ejectors is 
limited due to their increased size, weight, and complexity. 
Typical performance curves for both single- and two-stage 
ejectors are shown in Figs. 56 and 57, respectively. 

4.3 Eductors. An ejector that operates with a liquid 
motive fluid is called an eductor. The fluid pumped by an 
eductor, referred to as the suction fluid, is also generally a 


liquid. Eductors are similar in design to steam-jet ejectors; 
however, they are not furnished with inter- and after- 
condensers. In addition, eductors are fitted with converg- 
ing nozzles. A single-nozzle eductor has only one nozzle 
that is located in the center of the suction chamber. With 
this configuration, the motive fluid leaving the nozzle is 
surrounded by the incoming suction fluid. In an annular- 
nozzle eductor, also referred to as a peripheral-jet eductor, 
a ring of nozzles surrounds the suction inlet. With this 
latter arrangement, which is frequently used in applica- 
tions where solids or large amounts of air may be in the 
suction fluid, the motive fluid is admitted around the pe- 
riphery of the suction fluid. In both types of eductors, the 
high-velocity motive fluid entrains the suction fluid, and 
the mixture that is formed is discharged from the diver- 
gent end of the diffuser tube. Eductors can frequently 
operate with suction lifts as high as 25 ft and values of 
available NP8H as low as 2 ft. Values for the ratio of the 
discharge pressure at the eductor's outlet divided by the 
motive fluid's inlet pressure can be as high as 0.4. In 
addition, the ratio of the capacity being pumped, referred 
to as the suction capacity, divided by the flow rate of the 
motive fluid, referred to as the inlet or operating capacity, 
can often exceed 1.0. This capacity ratio generally declines 
as the suction lift and the ratio of the eductor's discharge 
pressure divided by the motive fluid's inlet pressure in* 
crease. 

4.4 Marina Ejector and Eductor Applications. 

a, Con de n ser e v ac uati o n , Ste am- j et e jeetor s are of- 
ten used to evacuate air and other non condensable gases 
from the main condensers on steam -powered vessels. Be- 
cause these gases are being removed from a steam con- 
denser, they are saturated with water vapor. To reduce 
the water-vapor content and, therefore, the load on the 
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air ejectors, before entering the ejector assembly, the tem- 
perature of the gas and water-vapor mixture is generally 
reduced below the saturation temperature of steam cor- 
responding to the absolute pressure within the condenser. 
Many air ejectors are sized based on a gas and vapor 
inlet temperature equal to 7.5 deg F below the saturation 
temperature corresponding to the main condenser's de- 
sign pressure. 

Ejectors that deaerate shipboard condensers are typi- 
cally furnished as two-stage units. In addition, to permit 
the auxiliary steam used as the ejector's motive fluid, 
together with a portion of the water vapor mixed with the 
air and other noncondensable gases removed from the 
main condenser, to be returned to the condensate and 
feed systems, inter* and after-condensers are generally 
provided with these ejectors. Because of the reduction in 
the water-vapor content that results from a reduction in 
the gas-vapor mixture temperature, the use of an inter- 
condenser also reduces the load on the ejector's second 
stage. The cooling medium in the inter- and after-condens- 
ers is often the water (condensate) being discharged by 
the main condensate pumps. The air ejector's condensers, 
therefore, serve as feedwater heaters and enable a portion 
of the heat In the motive steam to be recovered. 

Water vapor that condenses in the shell of the air ejec- 
tor’s inter-condenser drains to the main condenser 
through a loop seal line. The height of the water in this 
line must be sufficient to prevent air and other nonconden- 
sable gases within the inter-condenser, which are at a 
pressure slightly higher than the pressure in the main 
condenser, from being drawn back into the main con- 
denser. Typical values for the absolute pressure within 
the shell of the inter-condenser and for the minimum 
height of the water seal are 7 in. Hg and 7 ft, respectively. 
Steam that condenses in the shell of the ejector's after* 
condenser is frequently at an absolute pressure of approx- 
imately 32 in. Hg and drains by gravity to the freshwater- 
drain-collecting tank. 

The gases remaining in the shell of the after-condenser 
can be vented to the atmosphere. However, these gases 
may also be vented to an integral gland-exhaust con- 
denser in which steam that leaks past the glands at the 
ends of the main propulsion turbines is condensed. When 
this fatter arrangement is used, the condensate passing 
through the tubes in the ejector's after-condenser is dis- 
charged directly into the tubes in the gland-exhaust con- 
denser. A fan or exhauster is often connected to the gland- 
exhaust condenser’s vent to create a slight vacuum, gen- 
erally from 5 to 10 in, wg, within the shell of this heat 
exchanger, which helps to induce flow from the turbine's 
glands. The use of the exhaust fan also enables the satu- 
rated gases being removed from the air ejector and gland- 
exhaust condenser assembly to be vented outside the ma- 
chinery space. To limit the temperature of the gases emit- 
ted from this vent and to prevent the load on the air 
ejector's second stage from increasing because of a tem- 
perature increase in the inter-condenser, the temperature 
of the condensate being discharged from the gland-ex- 
haust condenser's tubes is usually limited to a preset 
value, such as 140 F. When this temperature is exceeded, 


a manually operated or thermostatically controlled valve 
located downstream from the gland exhaust condenser is 
opened and permits a portion of the condensate to be 
recirculated back to the main condenser's hotwell. This 
results in an increase in the flow rate of condensate 
through the tubes in the air-ejector and gland-exhaust 
condensers and in a corresponding reduction in the tem- 
perature wdthin each of these heat exchangers. 

The rated capacity of a two-stage ejector used for main 
condenser deaeration must be sufficient to remove air 
that leaks into the condenser during norma) operation, as 
well as air and other gases, such as carbon dioxide and 
ammonia, that may be present in the steam exhausted 
from the main turbines. This capacity is often based on 
maintaining a condenser vacuum of 29 in. Hg under nor- 
mal load and with a normal flow of cooling water to the 
ejector's inter- and after-condensers. With a 29 in. Hg 
condenser vacuum, 7.5 deg F of subcooling below the 
saturation temperature results in a gas and water-vapor 
temperature at the inlet to the ejector of 71.5 F. A typical 
ejector steam consumption rate with these operating con- 
ditions is 4.5 Ibm of steam for every Ibm of air and vapor 
removed from the main condenser. However, in addition 
to being suitable for normal operation, the ejector must 
also be capable of quickly evacuating the main condenser 
of air during plant start-up, rapidly removing air that 
may be accidentally admitted into the main condenser, 
handling overloads without a significant loss of vacuum, 
and operating satisfactorily with reduced cooling water 
to the inter- and after-condensers. To provide adequate 
ejector capacity during these periods of abnormal opera- 
tion, the air ejector assembly for a main condenser fre- 
quently includes a pair of two-stage elements that are 
each sized to handle 100% of the condenser's normal gas- 
removal requirements. This arrangement permits one 
ejector element to be used during normal plant operation, 
with the second element being used only as needed to 
handle increased air-removal requirements that may 
arise. The installation of a “twin unit" or “twin element" 
ejector also enables maintenance to be performed on ei- 
ther ejector element without interfering with normal plant 
operation. When the inter- and after-condensers for both 
of the ejector's twin elements are installed in a common 
shell internal compartmentation or external isolation 
valves must be provided to enable one element to be oper- 
ated while the second is idle. 

Steam-jet ejectors similar to those described above are 
also often used to evacuate air and other gases from auxil- 
iary condensers. 

b. Distilling plant. Steam-jet ejectors are often used 
to remove air and other noncondensable gases from distill- 
ing plants. Although single-stage units are furnished with 
some submerged-tube and spray- film evaporators op- 
erating with absolute pressures exceeding 3 in. Hg, two- 
and, in some cases, three-stage ejectors are typically used 
to create the high vacuums required in flash-type evapora- 
tors. These ejectors are similar in configuration to those 
used for condenser evacuation; however, inter-condensers 
are generally not used with multistage units. Instead, the 
motive steam supplied to the ejectors is condensed by 
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seawater that is circulated through the tubes in an after- 
condenser. Because this condensed steam may be contami- 
nated by seawater that is entrained in the air removed 
from the evaporators, it can be directed either to the fresh- 
water-drain-collecting tank or to the bilge based on its 
salinity- By installing the after-condenser in the supply 
line to the distilling plant, this condenser serves as an 
evaporator feedwater heater, Water-motivated eductors 
have also been used to evacuate air from some sub- 
merged-tube and spray-film distilling plants. The materi- 
als of construction selected for distilling-plant ejectors 
and eductors must be resistant to corrosion from the sea- 
water and salt-laden water vapor. 

c. Dewatering. Eductors are often used for bilge 
drainage and compartment dewatering. High-pressure 
seawater supplied from the fire main is typically used as 
the motivating fluid for dewatering eductors. But, on 
some vessels, the motive fluid may be supplied by the 
ballast, pumps. 

d, Stripping. By diverting a portion of the liquid be- 
ing discharged by the main cargo pumps through a bypass 
line, it can be used as the motive fluid in an eductor that 
strips other tanks of cargo that have levels too low for 
the main cargo pumps to lift. Because the motive cargo 
and the cargo removed from each tank being stripped are 
mixed within the eductor, this arrangement is suitable 
only when the cargoes are compatible. Liquid viscosities 
in excess of 100 cP can adversely affect eductor perform- 
ance; therefore, the viscosity of cargoes that the vessel 
will carry must be considered when stripping eductors are 
designed. Eductors can also be used to reprime centrifu- 
gal cargo pumps that have lost suction. Furthermore, if 
seawater is used as the motive fluid, eductors can be used 
to remove slops from the vessel's cargo tanks during tank 
washing and to strip the vessel’s ballast tanks. Typical 
materials of construction for stripping eductors include 
bronzes and nickel-copper alloys. To reduce the potential 
for dogging, these eductors often have large flow pas- 
sages. 
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CHAPTER XV 


Robert J. Foster 


Main and Auxiliary 
Condensers 


Section 1 

General Characteristics 


1.1 Introduction, Rankings modification of the Car- 
not cycle provides the practical basis for the design of a 
marine steam power plant. The Rankine cycle has under- 
gone a number of modifications but remains fundamental 
to the more efficient and refined regenerative and regen- 
erative-reheat cycles in common use. Small steam plants, 
and more frequently than not the auxiliary marine steam 
plants, are classic examples of the elementary or basic 
Rankine cycle* 

Rudolf Clausius, a theoretical physicist, in 1850 first 
enunciated the second law of thermodynamics in the fol- 
lowing form: “Heat cannot of itself pass from a colder to 
a hotter body," In practical terms this means that in order 
to construct an engine that will operate in a cycle and 
produce work, heat must be rejected from the cycle to a 
heat sink. The smaller the amount of heat rejected to the 
heat sink in relation to the amount of heat supplied, the 
greater is the amount of heat energy available to produce 
useful work. Consequently, the lower the temperature at 
which the heat energy can be removed from the system, 
the higher will be the thermal efficiency of the cycle* 

For the shipboard steam power plant, the ocean, or any 
body of water in which the ship operates, provides an ideal 
heat sink. It is a heat-absorbing medium of practically 
unlimited capacity, although its ambient temperature lim- 
its the extent to which heat energy is made available for 
producing work by the cycle. 

The steam surface condenser provides an efficient 
means for using the body of water in which the ship floats 
as a heat sink for the steam power plant. 

Basically, a steam surface condenser is a gastight cham- 
ber that is fitted with heat-conductive tubes through 
which cooling water is circulated, and which is provided 
with means for continuously removing the condensed 
steam and noncondensable gases. The noncondensables 
enter the system via leakage through the turbine-shaft 
seals, through subatmospherie drains and returns to the 
condenser, and through other subatmospheric-pressure 
vessels or lines* 

f.2 Steam Surface Condensers* The steam condenser 
controls the exhaust pressure or back pressure at which 
the turbine operates by condensing the turbine exhaust 
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steam at 'a pressure corresponding to its saturation tem- 
peratuure/Typica] examples of main condensers are shown 
in Figs. 1, 2, and 3; representative auxiliary condensers 
are shown in Figs. 4 and 5. 

The purpose of a condenser in the power plant cycle is 
twofold: 

1. To condense the steam and return pure, oxygen- 
free feedwater or condensate to the system. 

2. To provide and maintain the highest practical vac- 
uum (minimum back pressure) to gain greater efficiency 
and performance from the steam turbines. 

The condensing process is accomplished by the transfer 
of heat from the exhaust steam to the cooling water and is 
the basic function of the steam condenser. A heat transfer 
system must have a heat source and heat receiver, and if 
there is to be a significant flow of heat from the source 
to the receiver, there must be an appreciable temperature 



Fig. 1 Moin condenser for turbines with axiqMlow exhaust fsingle’plane 
machinery) 



n 

\ 



i 

V 

P 


E 

a 

K 



A 

' 



<nf : 




H ' 

It 

\ 




f — _ > * r _ 

4 JK to / 

Hjjt X u X 

- —If r* I" _ M ■ 

1 

1 

HvSs, 

i- ” s 

|B VL/ 
; I«nx ■ 

i 

, n 

i- * ; 

( i i 


i 

1 

■j- \ , 

5 Sb hm= 




MAIN AND AUXILIARY CONDENSERS 


553 


Fig. 3 Mein condenser arranged to be hung from turbine 
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Fig. 4 Typrcal auxiliary condenser 


difference between the two. In the marine steam power 
plant, the turbine exhaust steam is the higher-tempera- 
ture heat source, and the circulated cooling water is the 
lower-temperature heat receiver. In addition to the re- 
quirement for a temperature difference, there must also 
be an area or surface through which the heat can pass. In 
a surface condenser this area is composed of thin-walled 
metal tubes enclosed within a shell or pressure container. 
They provide a means for the heat to flow from the steam 
to the circulating water, and also are the means for keep- 
ing the two fluids separated. 


In a surface condenser steam is condensed; that is, it 
changes from its vapor state to its liquid state at substan- 
tially constant pressure, and at the saturation tempera- 
ture corresponding to that pressure. During the condens- 
ing process the steam gives up its enthalpy, less the 
enthalpy of its liquid (condensate) to the condenser cooling 
water, and the volume of the steam is reduced to that of 
the liquid. At 2-in. Hg absolute pressure, the ratio of the 
specific volume of the vapor to the specific volume of the 
liquid is about 1 to 21,000. It is this large reduction in 
volume that causes the reduction in pressure. 

To transfer this heat to the cooling water requires a 
decreasing temperature in the direction of heat flow from 
the condensing steam to the circulating water. The rate 
of heat flow depends not only upon temperature gradients 
but also upon the amount of heat-transfer surface area 
and the resistance to heat flow. 

Typical temperature distributions of the condensing 
steam and the heat-absorbing cooling water are shown in 
Fig. 6. For convenience, the steam condensing tempera- 
ture is shown as constant, although this is not completely 
accurate. The condensing temperature shown in Fig. 6 
may be considered as an average temperature, whereas in 
the actual condenser the steam temperature and pressure 
vary in a saturation temperature-pressure relationship 
throughout the condenser steam space. The variation, 
while small, reflects internal pressure losses and must be 
considered in the design of the condenser. 

The smaller the temperature difference between the 
heat source and the heat receiver, the lower will be the 
condensing temperature for a given flow of cooling water 
and the lower will be the amount of heat energy rejected 
from the cycle. If the condensing temperature could be 
reduced to that point at which it approaches the cooling 
water inlet temperature, a maximum availability of heat 
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Fig, 6 Condensing and circulating water temperature distribution* in a typi- 
cal surface- type steam condenser 


energy for producing useful work would result, and the 
highest cycle efficiency might be obtained. An approach 
to such a condition can be made by consideration of a 
number of factors — among them increased heat transfer 
rate, increased cooling water flow, and increased condens- 
ing surface — all of which affect the temperature differ- 
ence between the condensing steam and the cooling water. 
The desired effect is a reduction in back pressure on the 
turbine and improved cycle efficiency. However, the incre- 
mental costs required to obtain the efficiency improve- 
ment (in terms of a larger circulating pump, more heat 
transfer surface, etc.) may not be economically justifiable. 

The available space on board ship, the increased volume 
of steam at low pressures, the high moisture content of 
low-pressure exhaust steam, and mechanical limitations 
associated with the turbine design generally determine 
practical condensing pressures in relation to cooling water 
temperatures. However, the improvements in heat trans- 
fer rates achieved through the design of the condenser, 
selection of tube materials, and tube geometry are practi- 
cal means for reducing the size, weight, and cost of a 
steam condenser for a given set of design conditions. 
Therefore, designing for the highest heat transfer rate 
possible is of primary importance to both the designer and 
user. Because of its effect on the economy of the steam 
plant, the optimization of the condenser design and appli- 
cation is considerably more important for main condens- 
ers than for auxiliary condensers. 

1.3 Feedwater Recovery. One of the important func- 
tions of the surface condenser is the recovery of feedwa- 
ter. In the process of condensing the exhaust steam from 
the mam or auxiliary turbines, steam condensate is recov- 
ered and is reused as feedwater. In a properly designed 
and maintained feedwater system the condensate has the 
following three important characteristics: 


L Condensate is of high purity, containing only ex- 
tremely small quantities of dissolved solids. 

2. Condensate is neutral or slightly alkaline in charac- 

ter, in terms of hydrogen-ion concentration, with very 
small amounts of various gases (oxygen, carbon dioxide, 
nitrogen, and ammonia) in solution, * 

3, Condensate is collected at the saturation tempera- 
ture corresponding to condensing pressure, or with about 
1 deg F subcooling at full-power conditions. At lower 
power levels, greater subcooling can be expected. 

Steam plants require extremely pure feedwater, and it 
is no longer practical to construct noncondensing steam 
plants or steam plants using jet or direct-contact con- 
densers. 

1,4 Condenser Shell Structure. The condenser shell 
structure involves many combinations of geometry to ob- 
tain an efficient tube-bundle arrangement, to obtain econ- 
omies in manufacturing costs, and to minimize space re- 
quirements. Further variations occur in relation to the 
means used to achieve pressure integrity, such as ribbed 
supports, diaphragm supports, compression stays, self- 
supporting shell structures, and various combinations of 
these. 

While the pressure differential between atmospheric 
pressure and the condenser operating pressure is rela- 
tively small, approaching 14.7 psi as a limit, the conditions 
under which this pressure must be withstood require rela- 
tively heavy or well braced structures. A loading of 14.7 
psi is small when compared with the operating pressure 
of boilers or high-pressure heaters, but is substantial with 
respect to vessels such as condensers, which are subjected 
to external pressure. This is because condensers are rela- 
tively large irregular structures, especially main condens- 
ers. Also, structural failures from external loading are 
usually in buckling with cylindrical shapes, and in bending 
with Hat or nearly flat surfaces. This is in contrast to 
failures, generally in tension, of the cylindrical or spheri- 
cal shapes used for boilers and pressure vessels, which 
are subjected to internal pressure. As an example, a 72-in.- 
diameter cylindrical vessel that is designed for external 
pressure of 14.7 psi would be suitable for an internal 
pressure of approximately 130 psi. 

Even though there are many variations in condenser- 
shell geometry, only two basic configurations are gener- 
ally used. For small main condensers and for auxiliary 
condensers, condenser shells of circular cross section are 
the most common. This type of condenser shell is usually 
designed with sufficient thickness to be self-supporting 
under external pressure without the use of internal or 
external bracing. The supports are attached so that exter- 
nal mechanical loads are properly distributed through the 
use of saddles, ribs, and doubling plates, and, on occasion, 
by an increased thickness of the shell plate over that 
required for pressure alone. 

Main condenser shells are usually designed as flat- 
sided, boxlike structures, which may be ribbed, compres- 
sion stayed, diaphragm-supported, or supported with 
bracing to achieve adequate strength and minimum 
weight. Flat-sided propulsion-steam condensers are not 
designed as self-supporting box structures because of the 
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excessive plate thickness needed and the resulting exces- 
slve weight When carefully designed as braced struc- 
tures, they compare reasonably well in terms of weight 
with large unsupported cylindrical shell condensers. Their 
major advantages are compactness and their inherent 
structural rigidity, which make them suitable for support- 
ing the turbine "or auxiliary machinery with little addi- 
tional bracing needed, 

1.5 Condenser Supporting Arrangements, Most steam 
turbines used for main propulsion exhaust downward into 
a steam surface condenser located below the turbine (see 
Figs. 2 and 3). However, some turbines have been de- 
signed for higher efficiencies (i«e., without turning-hood 
losses) with an axial-flow exhaust, by discharging into 
a condenser that is located forward or alongside of the 
turbine, with the centerline of the steam inlet of the con- 
denser on, or close to, the same level as the centerline 
of the turbine (see Fig. 1), Condensers serving the more 
conventional down ward- exhausting turbines may be 
mounted in a number of different ways. Three of the most 
common arrangements have the condenser supporting the 
low-pressure turbine, the turbine supporting the con- 
denser (a “hung” arrangement), and with the turbine and 
condenser mounted separately. 

Condensers that are designed to support the main pro- 
pulsion turbines offer the advantage of compactness. 
When they are used in this manner, condensers are built 
with supports as an integral part of the shell structure. 
A typical condenser that is designed to support the turbine 
is shown in Fig, 2. The supports are located high on the 
shell structure, near the steam inlet With this arrange- 
ment, the condenser supports the weight of the turbine 
and the exhaust transition section on top of the support, 
with the shell, tube sheets, tubes, internal baffles, support 
plates, and the waterboxes hung below the support. In 
principle, the upper portion of the condenser structure 
can be likened to a number of truss sections upon which 
the turbine rests and from which the condenser hangs. 
The beam structure itself is supported from foundations 
built into the ship. In addition to the integral supporting 
structure holding the condenser and turbine in position, 
sway braces and collision chocks at the lower section or 
bottom of the condenser are also provided. 

Misalignment resulting from temperature changes dur- 
ing operation can be minimized by locating the condenser 
supporting structure as close to the turbine centerline as 
possible. Dimensional changes associated with tempera- 
ture changes during operation are also minimized by locat- 
ing the supports high on the condenser shell. Expansion 
and contraction movements are especially undesirable if 
the turbine shaft is attached to separately mounted gears 
or to electric generators, which are not subject to 'the 
temperature changes characteristic of the condenser and 
turbine. Small vertical movements can become relatively 
unimportant if the condenser, as a supporting structure, 
can be used to support the turbine and its associated re- 
duction gear or electric generator. 

With separate turbine foundations, it is frequently pos- 
sible to suspend the condenser from the turbine flange. 



In some cases, depending upon the weight of the con- 
denser and the strength of the turbine casing as a struc- 
ture, the entire weight of the condenser can be hung from 
the turbine flange or turbine casing. In those eases where 
the loading is too great, a portion of the condenser weight 
may be supported on springs that are designed to carry 
the weight of the cooling water in the condenser tubes 
and waterboxes, with a portion of the load from thermal 
expansion leaving a downpull on the turbine flange at all 
times. Whether the condenser is wholly supported from 
the turbine^r only partially so, sway braces, to resist ship 
normal inertial forces resulting from ship motions, and 
collision chocks are also required. A typical example of a 
“hung 11 main condenser arrangement is shown in Fig. 3, 
The high-pressure turbine is typically pedestal mounted 
or bedplate mounted independently of the main condenser. 

Auxiliary condensers are usually mounted separately 
from theii turbines, but not necessarily so. The common 
practice is* to arrange auxiliary condensers with top sup- 
porting structures for mounting on the underside of a 
deck. In most instances, the auxiliary turbine is mounted 
on the topside of the deck, and the turbine and condenser 
are connected with an expansion joint between them. A 
typical design is shown in Fig, 5, 

The principle of a separately mounted turbine and con- 
denser can also be applied to the main propulsion unit. In 
this case the condenser is mounted rigidly on foundations 
near or at the bottom of the shell. The turbine is mounted 
on separate foundations above, and the condenser and 
turbine exhaust openings are connected by an expansion 
joint or a flexible element Such installations are rugged, 
but the requirement of separate foundations for both the 
condenser and turbine results in more weight and cost. 

1*6 Condensing Pressure and Performance Character!!- 
tics. Steam surface condensers for marine power plants, 
particularly those used for the main propulsion system, 
are required to work at absolute pressures that are some- 
what lower than those used in many stationary power 
plants because of the trend to use cooling towers as the 
heat sink for stationary power plants. For the main con- 
denser on merchant ships, the operating pressure at full 
power is selected to correspond to a temperature that is 
approximately 16 to 20 deg F above the cooling water 
inlet temperature. The design approach temperature (the 
difference between the saturated steam temperature and 
the cooling water outlet temperature) is usually limited 
to 5 deg F. The operating pressure at full power for main 
condensers on naval ships is selected to correspond to a 
temperature that is 30 to 60 deg F above the cooling water 
temperature in order to reduce the plant size and weight. 
Large steam condensers in stationary" service usually are 
selected for operating pressures with corresponding tem- 
peratures 25 to 40 deg F above the cooling water temper- 
ature. 

An extremely low absolute pressure imposes the need 
for great care in the design of the condenser in order 
to meet the performance requirements. Pressure losses 
within the condenser are most critical; however, in com- 
pactly designed units, large-volume steam flows are diffi- 
cult to accommodate without incurring excessive pressure 
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Table ? 


Class Turbine 



— lutiurs, UNU vvurci TCIL 

Cooling Water Temperature, F 


Conditions 

55 

65 

75 

80 

85 

Large turbines, high 

efficiency, low exhaust loss 

Vac. temp., F 

Abs. press,, in. Hg 
Cleanliness factor, % 
Water vel. ( fps 

78-88 

0.97-1.14 

85 

6-7* 

88-93 

1.34-1.56 

85 

6-7“ 

99-104 

1.88-2.18 

85 

6-7“ 

102-107 

2.05-2.38 

85 

6-7“ 

105-110 
2.25-2*60 
85 * 

6-7* 

Intermediate or large turbines, 
moderate efficiency, 
moderate exhaust loss 

Vac. temp., F 

Abs. press,, tn. Hg 
Cleanliness factor, % 
Water vet, fps 

93-98 

1.56-1.82 

85 

6-7“ 

98-103 

1.82-2.12 

85 

6-7“ 

105-110 

2.25-2.60 

85 

6-7“ 

108-113 

2.45-2.83 

85 

6-7* 

111— 116 
2.67-8.10 
85 

6-7“ 

Small or intermediate turbines, 
low efficiency, high exhaust 
loss 

Vac. temp., F 

Abs. press., in. Hg 
Cleanliness factor, % 
Water vel., fps 

100-107 

1.94-2.38 

85 

5.5S.5* 

107-112 

2.38-2.75 

85 

5.5-6.5“ 

112-117 

2.75-3.20 

85 

5. 5-6. 5“ 

112-117 

2.75-3.20 

85 

5.5-6.5“ 

117-122 

3,20-3.70 

85 

Very small turbines, low 
efficiency, high exhaust loss 

Vac. temp., F 

Abs. press., in. Hg 
Cleanliness factor, % 
Water vet, fps 

120-125 

3,46-3.95 

85 

5. 5- 6. 5° 

125-130 

3.95-4.52 

85 

5.5-6.5“ 

130-135 

4.52-5.18 

85 

5. 5-6. 5° 

130-135 

4.52-5.18 

85 

5.S-6.5* 

135-140 

6.18-5.85 

85 

a May be increased to 10-15 fps for titanium tubes. 


losses. For example, a 0.10-in. Hg* pressure loss at 1-in, 
Hg absolute represents a temperature loss of approxi- 
mately 3.19 deg F, which results in a corresponding reduc- 
tion in the temperature difference with the cooling water; 
at 2-in, Hg absolute, the same pressure loss represents a 
temperature loss of only 1.71 deg F. The respective steam 
volumes associated with these pressures are 652.3 and 
339.2 ft 3 / lb. When considering the physical properties of 
steam in a condensing environment, it becomes apparent 
that these characteristics must be skillfully accommo- 
dated in the condenser design if satisfactory performance 
is to be obtained. As a consequence, low-pressure condens- 
ers must have liberal flow passages on the steam side 
for steam distribution around the perimeter of the tube 
bundles, as well as longitudinally for their entire length, 
Obstructions to the steam distribution flow path should 
be held to a minimum consistent with safe structural de- 
sign. For marine units the space envelope in the engine 
room is usually restricted so that the truss height is lim* 
ited; consequently, structural members of the truss tend 
to take up more flow area in the steam dome than do those 
for land-based condensers. 

The selection of the condenser design conditions is ex- 
tremely important to the economics of the turbine and to 
the steam condensing plant. While an extremely low back 
pressure can improve the cycle efficiency, it may also 
increase disproportionately the cost of the turbine, the 
condenser, the condenser auxiliaries, and their installa- 
tion, The most economical back pressure can also be a 
function of machine size. The cost required to attain a 
high thermal efficiency by specifying a low exhaust pres- 
sure for small mechanical-drive turbines can seldom be 
justified. As a result, most condensers serving small auxih 
iary turbines are designed for higher back pressures than 
those serving the main propulsion turbines or those driv- 
ing larger auxiliary equipment, such as the main genera- 
tors. Table 1 lists recommended condenser design points, 
giving absolute pressures, corresponding condensing 
temperatures, cleanliness factors, and water velocities 
that represent good engineering practice. 


L7 Air Inleakage and Removal, Without exception, 
steam surface condensers used in marine service are re- 
quired to condense impure vapors, that is, vapors that 
contain air or other noncondensable gases. Because most 
condensers operate at atmospheric or subatmospheric 
pressures, air leaking into the condenser or into the con- 
densing system from gasketed joints is the most common 
impurity in the condensing vapor. However, some of the 
noncondensables present are not the result of direct air 
tnleakage, but enter the boiler feed system from the 
makeup feedwater evaporators or by condenser tube leak- 
age, and may even result from boiler feedwater treatment 
chemicals. The noneondensable gases most commonly 
found to originate from these sources are carbon dioxide 
and ammonia. 

The presence of a very small amount of air in the con- 
densing vapor has little or no effect on heat transfer. In 
fact, some observers have been able to show that under 
controlled conditions, noncondensables may promote 
dropwise condensation and actually improve heat trans- 
fer. Similar experiments with larger amounts of air pres- 
ent, and with heavy liquid films on the condensing sur- 
faces, have indicated air blanketing of the cold tubes, 
which resulted in substantial reductions in the measured 
heat transfer. Equally important, however, is the possibil- 
ity that air or other noncondensables may accumulate in 
the condenser to such a degree that a significant increase 
in total pressure in the condenser will result Such an 
increase in total pressure almost always results in a reduc- 
tion in cycle efficiency. 

In a well designed power plant, the noncondensable 
gases constitute a very low percentage of the steam-gas 
mixture and have little effect on its condensing tempera- 
ture (the partial-pressure effect is negligible up to a non- 
condensable gas content of about 0.1%). In certain special 
cycles, however, specifically geothermal and ocean-ther- 
mal-energy-conversion cycles, the non c ond ensab te-gas to 
condensable- vapor ratio is significantly higher than in con- 
ventional cycles; therefore, the effect of noncondensable 
gases on both the condensing overall heat-transfer rate 
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and the condensing steam temperature, as well as the 
design, sizing, and selection of venting equipment for 
their removal, must be considered. For these cycles the 
gas removal techniques described herein apply in a gen- 
eral sense but are inadequate. The accumulation of non- 
condensable gases and inadequate venting arrangements 
in a condenser are frequently the most influential factors 
in poor condenser performance. 

Should a significant loss in performance occur in a well 
designed condenser, it is usually an indication of an exces- 
sive amount of air leaking into the system, or fouled heat 
transfer tubes. Either or both can overload the air-re- 
moval equipment, and the condenser performance will be 
limited accordingly. 

Good performance under various conditions of air in- 
leakage requires effective cooling and dehumidification 
of the noncondensable gas-vapor mixtures so that both 
their saturated weight and volume are reduced before 
being withdrawn by air-removal equipment. A vapor flow 
path of the displacement type, free from zones of stagna- 
tion and short circuiting, is essential to achieve maximum 
condenser performance. Adequate noncondensable cool- 
ing permits the application of minimum-sized air-removal 
equipment, thus affording a saving in weight, space, and 
cost. Normally, this requires 5 to 7% of the tube surface 
to be dedicated for a baffled air-cooler zone within the 
condenser. 

The Heat Exchange Institute (HEI) suggests in its pub- 
lished standards that air-removal equipment be sized pro- 
portionately to steam flow as indicated in Table 2. Para- 
graph S-29 of the HEI Steam Surface Condenser 
Standards also suggests values for the venting equipment 
suction temperature. 

1,8 Condensate Removal. Surface condensers that 
operate below atmospheric pressure require pumps for 
the removal of the collecting condensate. The volute type 
of centrifugal pump, designed to operate with a low sub- 
mergence head, is commonly used for this purpose. Most 
marine condensate pumps are designed to operate with 
18 to 30 in. of water submergence; however, special 
multistage vertical volute pumps have been built that are 
capable of handling condensate from a condenser hotwell 


Table 2 Recommended air pump capacities 15 


Steam Condensed, 

Ib/hr 

CFM of 

Dry Air at 70 F 

0- 25,000 

3.0 

25,000- 50,000 

4.0 

50,000-100,000 

5.0 

100,000-250,000 

7.5 

250,000-500,000 

10.0 


a Courtesy Heat Exchange Institute. 


with as little as 12 in, of water submergence. More fre- 
quently, submergence heads are higher, and may be as 
much as 60 in., especially with auxiliary condensers. Main 
condensers, because of their location low in the ship, re- 
quire minimum-submergence condensate pumps. Consid- 
eration must also be given to ship pitch and roll conditions. 

Condenser hotwells, which are used to collect the con- 
densate, are usually equipped with strainers and anti vor- 
tex devices at their condensate outlet. They are designed 
to provide optimum hydraulic conditions for the conden- 
sate pump. The water level in the hotwell may be con- 
trolled by the pump itself (i.e„ the pump may be permitted 
to cavitate when there is insufficient condensate to main- 
tain rated flow of the pump) or by level controllers and 
condensate recirculation systems. Most marine installa- 
tions are arranged with devices to control the condensate 
level in the condenser hotwell so as to minimize cavitation 
erosion of the condensate pump impeller and the accompa- 
nying noise. 

1,9 Condensate Storage. The steam surface con- 
denser can also serve as a reservoir to collect and store 
feedwater. This function is of considerable importance 
with respect to the main propulsion system, as the storage 
volume in the condenser provides some additional surge 
capacity for the boiler. The storage capacity provided by 
most main condenser hotwells corresponds to about 1 to 
1.5 minutes of full steam flow. 

In some installations, condensate levels in the hotwell 
are used to maintain an adequate suction head for the 
condensate pumps by using electronic, ultrasonic, hydrau- 
lic, or mechanical level sensors to regulate the condensate 
pump discharge flow. The deaerating feed tank is fre- 
quently used as the principal control point for the boiler 
feedwater system and provides the necessary surge vol- 
ume control. 


Section 2 
Condenser Design 


2.1 Steam Condensing Space. Most marine steam sur- 
face condensers are designed so that steam condenses on 
the outside of heat transfer tubes, with cooling water 
flowing inside the tubes, and with the steam condensing 
space contained by the shell. Good design practice re- 
quires that the steam entering the condenser have free 
access to all areas defined by the perimeter of the tube 
bundles with minimum pressure losses. To meet this re- 
quirement, the condenser shell must be sufficiently large 


in cross section to allow the steam a relatively free pas- 
sage around the tube bundles and also provide for longitu- 
dinal distribution of the steam to both ends of the con- 
denser. The cross section of flow areas must not be 
excessively blocked by braces, baffle plates, ribs, dia- 
phragms, or other obstructions. 

For main condensers, especially the larger ones, the 
steam inlets cover a substantial portion of the condenser 
shell, and lateral distribution of the vapor flow within 
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Table 3 Recommend steam design velocities 


Condenser Design 
Pressure, in. Hg 

Recommended Maximum 

Main Steam Lane 

Entrance Velocity, fps* 

1 

500 

2 

400 

3 

300 

4 

250 

5 

200 


3 Courtesy Heat Exchange Institute. 

b Assumed as average velocity with uniform flow at the cross- 
section area under consideration. 


the condenser can be readily achieved without excessive 
pressure losses. Should the available space for steam flow 
be unduly limited, the effect on condenser performance is 
likely to be serious; therefore, pressure loss determina- 
tions should be made and evaluated. 

Turbine exhaust steam entering velocities should be 
held below accepted maximum values. Recommended ve- 
locities, which vary inversely with design pressure, are 
given in Table 3. The steam-lane area (the area between 
tube bundles and between the shell and tubes) should be 
greater than the area of the exhaust inlet. Longitudinal 
flow velocities should not exceed 50% of the values given 
in Table 3 for the steam entrance section of the condenser. 

The main condenser cross section shown in Fig. 7 illus- 
trates the good steam distribution characteristics inherent 
with condensers of larger sizes. Steam distribution around 
the tube bundle is achieved by providing space above and 
below the tube bundle to permit effective lateral distribu- 
tion of the steam. Note that the free space below the tube 
bundle is necessary to reheat the condensate as it drips 
off the tubes. If insufficient space is provided for contact 
with the saturated steam flow, the contact time with the 
condensate is reduced, and excessively subcooled conden- 
sate can be expected. 

The auxiliary condenser cross section shown in Fig. 8 
illustrates steam distribution provisions for accommodat- 


ing an off-center steam inlet. Stainless steel impingement 
tubes or baffles are provided to reduce steam impact ef* 
fects on the tubes and to direct steam both laterally and 
longitudinally within the shell. The baffles may be perfo- 
rated or staggered to allow a predetermined portion of the 
total steam How to feed the tube bundle section directly 
beneath them. 

2,2 Arrangement af Condenting Surface. Nearly all 
condenser designers arrange the heat transfer tubes in 
groupings that are referred to as bundles or banks. Essen- 
tially, each bundle is an operating condenser. Small con- 
densers need only one such tube bundle, but the larger 
main condensers may need two, although seldom more. 
The principles that apply to the design of a unit con- 
denser tube bundle are quite fundamental. Five of the 
more important ones are as follows: 

1. The depth of tube banks (number of tube rows deep) 
can be controlled by: 

— changing the geometric shape by using substantially 
circular, square, rectangular, or trapezoidal cross sec- 
tion configurations; 

— controlling the effective tube bank depth by using a 
variable tube pitch; 

— selecting the optimum number of tube bundles per 
condenser as needed to control the tube bank depth and 
steam flow distribution; and 

— locating the air-cooler baffled zone near the center of 
each tube bank, to help draw the steam into the depth 
of the bank, with an allowance for impact pressure at 
the top of the bundle, 

2. Steam fed to the tube bundle throughout its perime- 
ter decreases the average steam entrance velocity to the 
tubes and thereby mitigates the tube bank pressure loss 
and also minimizes potential tube vibration. 

3. Steam fed from all directions, including the bottom 
areas of the tube bundle perimeter, aids in condensate 
deaeration. 
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Fig. 8 TwO’pas$ auxiliary condenser with centrally located air cooler 


4. The arrangement of tube bundles as separate mod- 
ules in the condenser shell promotes steam distribution to 
the tube bundles and condenser surface areas, 

5. The flow of steam directly to the condenser hotwell 
facilitates condensate reheating. 

The tube arrangement in Fig, 7 is an example of a 
single- tube-bundle condenser with no auxiliary steam in- 
let lanes in the tube bank, but with main feeder lanes 
around its perimeter. 

The tube arrangement in Fig, 8 is another example of 
a single-tube-bundle condenser with no auxiliary steam 
inlet lanes in the tube bank, but with main feeder lanes 
around its perimeter. The main steam lanes reduce in 
cross section at the bottom of the condenser shell, but still 
provide adequate flow area for condensate reheating and 
deaeration. The single tube bundle is circular in configu- 
ration. 

2.3 Steam Flow Profiles end Distribution. Most auxil- 
iary condensers have relatively small steam inlets in rela- 
tion to their shell size, and should be provided with im- 
pingement and distribution baffles to redirect the 
incoming steam. The steam flow to small condensers is 
characterized by little or no stratification. In some cases, 
especially with long steam supply lines, the velocity con- 
tour may approach the ideal flat-front flow. Generally, 
no major steam flow distribution problems are directly 
caused by the turbine exhaust-steam flow pattern. 

The main condenser, with its large steam inlet, is usu- 
ally subjected to highly stratified steam flows. The con- 
denser design geometry and its arrangement in the ship 
are the principal factors that cause stratified flow. 

The flow pattern characteristic of a down ward- ex- 
hausting single-flow turbine is markedly stratified, but 
the pattern is reasonably symmetrical and usually can be 
effectively accommodated. A steam flow distribution map 
for a single- flow, downward-exhausting turbine at a high 


flow rate is shown m Fig. 9. The numbers shown on the 
flow contours are the factors by which the average veloc- 
ity is multiplied to obtain the local velocity of the steam, 
and it may be seen that there are areas where the steam 
velocity reaches 2.9 times the average velocity. With aver- 
age velocities in the order of 500 fps, such a turbine ex- 
haust pattern can easily have flow areas where there are 
velocities in the sonic range. 

In genera], the flow distribution shown in Fig. 9 will 
not interfere with the performance of condensers with 
single- or multi-tube-bundle designs, provided the turbine 
shaft and the condenser longitudinal centerline are sub- 
stantially parallel. When the turbine shaft is perpendicu- 
lar to the condenser centerline, the condenser tube bundle 
design can partially compensate for the nonuniform flow 
characteristics of the turbine. However, in some in- 
stances, offsetting the tube bundles from the condenser 
shell centerline may be required in order to widen one of 
the main steam distribution lanes so that steam may be 
fed into the tube banks at high flow rates from both the 
bottom and top of the tube bundles. On occasions, baffles 
may be needed to redirect some of the steam to other 
sections of the condenser. The use of baffles for this pur- 
pose will result in some pressure loss in the distribution 
of steam, although if steam flow conditions are severe, a 
greater loss might result if baffling were not used. Each 
case must be resolved with full consideration of the spe- 
cific conditions that exist. 

2.4 Control of Tube Vibration [2]. Vibration has often 
caused the failure of heat transfer tubes in steam con- 
densers. Fortunately, high incidences of failure from this 
cause have been periodic rather than general, and for the 
most part more annoying than catastrophic. If the interior 
of the condenser is accessible, mechanical means such as 
installing wood, fiber, or metal slats between the tubes 
may be used to alleviate the vibration problem. As an 
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interim corrective measure, this modification is reason- 
ably effective. 

With small condensers, the addition of slats is seldom 
a possibility. However, in some instances, slats can be 
installed between the tubes by cutting holes in the con- 
denser shell. If this cannot be done, the condenser must 
be rebuilt internally, and additional support plates and 
new tubes will be required to correct the problem. 

The present technology provides a means to avoid se- 
vere condenser tube vibration failures, although an occa- 
sional tube failure from vibration may occur, especially in 
a severe corrosive environment. In such cases the tube 
failures normally show evidence of corrosion fatigue. 

The primary cause of tube vibration is from the dynamic 
effects associated with the flow of steam {turbine, steam 
dump, or secondary exhaust). A secondary cause may be 
mechanical vibration transmitted from attached machin- 
ery, from nearby machinery, or from other vibration 
sources, with the exciting energy transmitted through the 
foundation, piping, or other solid connections. 

Transmitted mechanical vibration, as a general cause, 
is seldom of sufficient magnitude to be troublesome. Vi- 
bration transmitted from the turbine has commonly been 
suspected as a major cause of tube vibration but is rarely 
a significant contributor. The allowable vibration ampli- 
tudes for large turbines and the resulting transmitted 
energy are generally too small to develop significant tube 
vibration, even in those cases when the rpm of the turbine 
shaft corresponds to the natural frequency of the tubes. 
Field and laboratory tests have shown tube vibration am- 
plitudes at their natural frequency to be within the limits 
of 0.011 and 0.030 in. when excited at the same frequency 
through their supporting structure, with the energy input 
to the supporting structure in the laboratory equal to that 
measured on a condenser in the field. Vibration ampli- 
tudes of these magnitudes do not result in tube vibration 
failures. 

The primary cause of condenser tube vibration is the 
steam flow with its lift and drag effects on the tubes. For 
condensers it is not usually related to the von Karman 
vortex effect of critical velocity. Laboratory tests show 
that with condensers operating at a low absolute pressure, 
the velocity energy level at which the von Karman vortex 
effect occurs is much too low to have a significant effect 


on tube vibration. For example, for a %-in.-OD (outside 
diameter) tube it is about 32 fps. The flow energy of steam 
at these velocities, with the low density associated with 
condenser pressure, is negligible. However, with auxiliary 
condensers, some of which may operate at atmospheric 
pressure and, therefore, with much higher vapor densi- 
ties, the critical velocity may need to be examined. It can 
be computed from the following relationship: 



where 

V = critical velocity of fluid stream, fps 

S = Strouhal number, dimensionless 

/ = tube natural frequency, cps 

d = diameter of tube, ft 

V is the critical velocity when f equals the natural fre- 
quency of the tube. S ranges in value from 0.10 to 0.30 for 
Reynolds numbers between 100 and 630,000. A Strouhal 
number of about 0,20 is a typical value for steam entrance 
conditions to a tube bank, whereas 0.10 is a reasonable 
value for the innermost sections of the tube bank. For 
high-pressure closed heaters, an evaluation of the critical 
velocity is of fundamental importance. 

In the condensing environment, the velocity effects of 
steam on the tubes initiate the significant vibrating 
forces, and the tubes vibrate at their natural frequencies. 
The steam flow causes a loading to be imposed on the 
tubes from both drag and lift effects, and results in tube 
deflection as a function of this loading. Experience has 
shown that the velocity loading effects of lift and drag 
will deflect the tubes according to the theory of beams 
under static loading and that the tubes will vibrate with 
that amplitude without significant amplification. The 
equations that apply to these circumstances are as 
follows: 

W d = C lt 4 (2) 

2 & 

where 

W d — load on tube in direction of fluid flow, lb 

C d = drag coefficient 
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Fig. TO Drag coefficient for tubes m cross flaw [2] 


A = tube projected area, ft 2 
p — fluid density, pcf 
V = fluid velocity, fps 
g = gravitational acceleration, ft/sec 2 

pV 2 

(3) 

where 

W L — load on tube 90 deg to direction of fluid flow, lb 

C L = lift coefficient 

The value of the drag coefficient, C d , in equation (2) 
may be obtained from Fig. 10. It is important to note that 
C d reaches a maximum value of 2.1 at Mach 0.95. Data 
on the lift coefficient, C Lf which is also known as the 
coefficient of lateral thrust, are not as well documented 
as the data on the drag coefficient. Values that have been 
suggested range from 0.20 to 1.00, and 0.65 to 1.71. In 
general, for a cylinder, the lift coefficient is less than the 
drag coefficient, C d7 and the effect of drag controls the 
amplitude of vibration. 

The value of W d from equation (2), when used in con- 
junction with applicable beam deflection equations, can be 
used to determine the optimum distance between support 
plates or between support plates and tube sheets for 
steam condensers operating at a low absolute pressure. 

The design steam velocity should be determined from 
data similar to that shown in Fig. 9 using full-load flow 
to determine the average velocity at the turbine exhaust 
flange. If the product of the average velocity and the local 
velocity multiplying factor approaches the sonic velocity, 
the design should be based on the sonic velocity. The 
design should also be evaluated at the lowest absolute 
pressure expected in the condenser at full load to deter- 
mine if those conditions are more severe than the design 
operating condition. 

The classic equations for beams under uniform loading 
can be used to compute tube deflections. Because of the 
relatively high span-length to tube-diameter ratio nor- 
mally used, the deflection equation for a simply supported 
beam may be used for the center spans, and the deflection 
equation for a beam simply supported on one end and 


fixed at the other may be used for the end spans. The 
equations used for this purpose are as follows: 


For center spans: 

5 WJ? 
384E7 

(4) 

For end spans: 

F _ ^ 

185£7 

(5) 


where 

Y = tu&e maximum deflection, in. 

W d = load on tube (sum of drag, weight, and contents) 
between supports, lb 

L = length of tubes between supports, in* 

E = modulus of elasticity, psi 
/ = tube moment of inertia, in* 4 

The mid-span or maximum tube deflection determined 
from equation (4) or (5) must be less than one half of the 
ligament between tube holes in the tube sheet or adjacent 
tubes will contact each other. Good practice is to limit the 
deflection to one fourth of the ligament, or one half of 
the ligament less one sixteenth of an inch, whichever is 
greater* 

The tube spans or support plate spacing should be final- 
ized only after determining that the bending stresses in 
the tubes are of an acceptable magnitude, and that prema- 
ture failure will not occur from fatigue* The maximum 
bending stresses in the tubes may be computed by using 
classical beam equations. The fatigue life should not be 
less than the expected life of the tubes with respect to 
anticipated waterside and steamside corrosion and erosion 
effects* 

2,5 Air Cooler Design, The purpose of the air cooler is 
to reduce the water-vapor content of the noncondensable 
gases to be removed from the condenser. The Heat Ex- 
change Institute recommends that the air-vapor mixture 
be cooled 7.5 deg F below the saturation temperature 
corresponding to the design pressure or 25% of the differ- 
ence between the saturation temperature corresponding 
to the condenser pressure and the design inlet circulating 
water temperature, whichever is greater* In some in- 
stances it has been found practical to cool to lower temper- 
atures, and some condensers are designed to cool to within 
5 deg F of the cooling water inlet temperature. However, 
most condensers are designed to cool within about 5 deg 
F of the cooling water outlet temperature* 

An increase in the capacity of the air cooler reduces the 
quantity of condensable vapors and reduces the load on 
the air pump (or other venting equipment) for a given air 
leakage. As a result, a smaller air pump may be used. 
Also, an improved condenser performance can result by 
applying standard-size air pumps to condensers provided 
with more effective cooling sections than those designed 
for 7.5 deg F cooling. 

An example of the effect of air leakage on condenser 
pressure under conditions of normal operation and under 
conditions of excessive air leakage or an undersized vac- 
uum pump is shown in Fig. 11* The line l-2-2'-3 shows the 
typical performance of a condenser, in terms of absolute 
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Fjg. IT Effect of air leakage on condenser pressure 

pressure versus cooling water inlet temperature, assum- 
ing that air leakage has no effect. The line 4-2-5 shows the 
pressure that may be produced by the air pump, assuming 
normal air leakage and subcooling of the air-vapor mix- 
ture. The portion 4-2 of this line represents conditions 
wherein the air pump cannot remove the air- vapor mixture 
at as low a pressure as that which the condenser can 
produce* The condenser operating pressure will then cor- 
respond to line 4-2, and the air pump is said to limit the 
back pressure* The portion of the line 2-5 represents a 
condition where the air pump can remove the nonconden- 
sables at a lower pressure than the condenser can pro- 
duce; under these conditions, the condenser is said to limit 
the back pressure, and the condenser pressure then cor- 
responds to line 2-2'-3. The line 4'-2'-5' represents vacuum 
pump performance with a condition of excessive air leak- 
age (the same effect can be caused by too small a vacuum 
pump or an inefficient air cooler}. It should be noted that 
in this case, the vacuum pump controls the condenser 
pressure from point 4' to 2'. Above point 2' the vacuum 
pump is adequate and the condenser will perform along 
the line 2'-3* 

The total pressure in a condenser at any point is the 
sum of the vapor pressure at the local saturation tempera- 
ture and the noncondensable gas pressures. This may be 
expressed as: 

P t — P v J r P g (6) 

where 

P t = total pressure in condenser 

P v — vapor pressure of condensing steam 

P g = partial pressure of noncondensable gases 

As the vapor-gas mixture flows from the steam inlet to 


the vapor-gas mixture outlet, the ratio of P v to P g de- 
creases, while P t also decreases, thereby causing flow* 
Since the condensing temperature also decreases along 
the flow path as P v decreases, the temperature of the air- 
vapor mixture also decreases* As this occurs, the quantity 
of vapor in the vapor-gas mixture also decreases* The 
degree to which this is accomplished is related to the 
vapor flow path, which also affects the conductance of 
the condensing boundary of the heat transfer system* As 
condensation takes place, the vapor-gas mixture becomes 
more impure, and if optimum heat transfer is to be at- 
tained, the concentrating non condensables must be dis- 
placed toward the end of the flow path in the condenser by 
the incoming purer vapor-gas mixture. This displacement 
flow path minimizes the effect of diffusion of nonconden- 
sables throughout the condenser, and results in P g being 
at minimum values in the major portion of the unit. With 
such a flow path, noncondensable gases can easily be 
vented from the condenser without requiring excessively 
large air pumps. 

The ability to maintain such a flow path is largely depen- 
dent upon the air cooler and its relation to the remainder 
of the condenser. The air cooler must be located so that 
it draws the air- vapor mixture proportionately from ail 
sections of the tube banks. It must be large enough to 
maintain adequate steam or air-vapor mixture flow veloci- 
ties at the point where the fluid leaves the main tube 
banks before entering the air-cooler section. At the same 
time, the air cooler should not be such a large portion of 
the total condensing surface that it significantly detracts 
from the high heat-flux surfaces in the tube banks of the 
condenser. Air coolers containing 5 to 7% of the total 
condensing surface can be designed to meet normal sur- 
face requirements effectively* Properly designed air cool- 
ers are located centrally within the tube bundle and are 
baffled to prevent the flow to the air cooler from by- 
passing the tube bundle. 

A. displacement flow path is extremely important to the 
correct functioning of an air cooler* If possible, it should 
be incorporated into the design by providing large en- 
trance areas into the air cooler with the flow cross section 
decreasing gradually to the air-vapor outlet. It is just as 
important, however, to use a geometry where the length 
of the flow path through the air cooler is not less than the 
effective depth of the main tube banks. 

One of the most important requirements for condenser 
air coolers is to provide means for positive flow in and out 
of each section between support plates. This requirement 
is fundamental to good condenser performance because 
it provides good venting and eliminates short circuiting 
and a buildup of large zones of stagnation with the atten- 
dant accumulation of noncondensables that result in a 
loss in performance. It prevents the air pump or venting 
equipment from being overloaded by causing all air-cooler 
sections to work equally and effectively, and by facilitat- 
ing the dehumidification of the noncondensables. 

The determination of the heat transfer surface required 
for an air cooler to meet specific requirements is a com- 
plex task. The heat transfer rates at the entrance to the 
cooler, where the no neon dens able gas content of the mix- 
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tore is low, are dose to the average rates for the con- 
denser. The velocity of the air- vapor mixture at the en- 
trance to the air cooler is usually greater than that at any 
other point in the air cooler. As dehumidification becomes 
appreciable, the heat transfer rate decreases and the ve- 
locity of the mixture also decreases. For the heat transfer 
process involved, the opposite situation for velocity is de- 
sirable to sustain high transfer rates throughout the flow 
path. In practical designs this is not always possible to 
achieve, and additional surface is needed to compensate 
for the effect of decreasing velocity. 

Design methods to determine the air cooler size are, for 
the most part, approximations and are largely empirical. 
The Colburn and Hougen basic method is complex. Rea- 
sonably good approximations have been made by Mickley. 
Simplified methods by Colburn and Hougen, and by Smith, 
compare well with limited test results. Silver also em- 
ployed an approximate method for interpreting data from 
condensers where low noncondensable gas velocities were 
encountered and achieved reasonable success. The funda- 
mentals of these works may be found in reference 3. 

The air coolers shown in Figs. 7 and 8 are single (vapor) 
pass types. Each air-cooler section between support plates 
discharges into a collection header through proportioned 
orifices, thereby ensuring that each section between the 
support plates receives its share of the load and is prop- 
erly vented. 

Liberal air-cooling surfaces in the designs shown in 
Figs. 7 and 8 have the potential of cooling to a temperature 
very close to that of the cooling water inlet. These designs 
effectively use the last rows of tubes in the condenser for 
the air cooler. These tubes have a very low temperature 
rise, usually less than 3 deg F, because of the extremely 
low heat flux characteristic of air- vapor mixtures that 
have a low percentage of vapor, 

2.6 Condensate Reheating and Deaeration. The prin- 
ciples associated with effective deaeration and reheating 
of condensate are not unlike those applicable to power 
plant deaerators of the tray type. As the heat passes 
through the films of condensed steam adhering to the 
condenser tubes in its path to the cooling water, the con- 
densate on these tube surfaces reduces in temperature to 
slightly below the saturation temperature at condenser 
pressure. The temperature gradient across these conden- 
sate films, which must occur in order to produce a flow 
of heat, requires that the mean temperature of this film 
be less than that of the condensing steam, but greater 
than the temperature of the contacting tube wall. Unless 
provisions are made to reheat this condensate before it is 
removed from the condenser hotwell, a measurable 
amount of heat energy is lost from the cycle. In addition, 
the subcooled condensate absorbs air and other gases, 
such as carbon dioxide, oxygen, and ammonia, from the 
condensing steam. If these gases are allowed to accumu- 
late in the condensed steam, corrosion of the boiler feed 
system, the boiler, and the steam turbines may result. 

The heat loss from condensate subcooling may be 
greatly reduced by directing a portion of the incoming 
steam to the condenser bottom and hotwell area in such 
a manner that a substantial amount of its velocity energy 


is converted to pressure. In this way, the local static pres- 
sure in the hotwell area and under the tube bundles may 
actually exceed the static pressure at the condenser steam 
inlet. If proper provisions are made, the condensate falling 
from the tube bundles through this zone of increased 
static pressure can be heated to a temperature above that 
which corresponds to the saturated steam pressure at the 
condenser steam inlet, and thereby effect a thermal gain 
in the cycle. 

In the process of being reheated, the condensate also 
loses some its tendency to retain noncondensable gases 
in solution. This tendency for the condensate to become 
deaerated may be augmented by providing deaerating 
trays or baffles underneath the tube bundles to receive 
the condensate and prolong its time of contact with the 
turbulent steam flow under the tube bundle. 

The degree of deaeration that may be effected in a 
steam surface condenser, while principally dependent on 
the amount; of direct-contact heating surface provided, is 
also dependent upon a number of other factors. In a steam 
condenser, deaeration occurs under vacuum and can be 
adversely affected by excessive air inleakage, especially 
if the leakage is below the water level in the hotwell. Other 
factors that can affect deaeration are the introduction of 
makeup feedwater, heater drains, and other condensate 
returns to the condenser. 

The capacity of the air removal equipment in operation 
limits the condenser vacuum and consequently affects 
deaeration. The effect is greatest at very light loads and 
with cold cooling water. To install enough vacuum pump 
capacity to overcome the effects of this characteristic is 
usually economically unsound. 

Four factors that influence deaeration are; (1) the non- 
condensable gas pressure in the deaeration area, (2) the 
amount and effectiveness of reheat and deaeration sur- 
face, (3) the vacuum pump characteristics in relation to 
air inleakage, and (4) the effectiveness of converting inlet 
steam velocity energy to pressure in the hotwell area. A 
further explanation of these factors is as follows; 

1. The noncondensable gas partial pressure in the de- 
aeration zone may be minimized with good steam distribu- 
tion and by eliminating an accumulation of noncondensa- 
ble gases from stagnation. Tube bundle arrangements 
with centralized air coolers are the most effective in this 
regard. 

2. The amount and effectiveness of deaeration and 
reheat surface below the tube bundles are of extreme 
importance. Figure 12 shows the deaeration effect of two 
arrangements of surface working in an environment of 
very low partial air pressure. With one arrangement, di- 
rect surface-producing baffles made of perforated trays 
are provided. With the other arrangement, the condensate 
falls without interruption from the bottom tubes of the 
tube bundles to the water level in the bottom of the shell 
or hotwell. 

3. The effect of partial air pressure, resulting from 
inadequate vacuum pump capacity, is illustrated in Fig. 
13. The curve shown is for a given cooling water inlet 
temperature. A family of curves would result if a number 
of different cooling water inlet temperatures were shown. 
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Fig. 12 Performance of typical mechanical deaerating section* with parlioJ 
□ir pressure negligible 
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Fig, 13 Typical effect of partial air pressure resulting from vacuum pump 

limitation 

The combined effect of factor 2, deaeration trays, and 
factor 3, vacuum pump limitations, is shown in the per- 
formance curves in Fig. 14. Poorest performance occurs 
at very" light loads with cold water. Best performance 
begins at about 45% load, but may be extended to higher 
loads by providing more reheating and deaeration surface 
or a larger air pump. 

4. The effectiveness of converting velocity energy to 
pressure energy at the condenser hotwell zone is usually 
a function of the directness of the main steam distribution 
lanes in relation to the inlet steam flow and to the bottom 
of the condenser. Single-bundle arrangements do not per- 
form quite as well as condensers with two bundles. 

The prediction of the deaeration performance that can 
be expected from a given condenser design and its associ- 
ated special deaeration provisions is complex. Such predic- 
tions are related to the projected area of the tube bundle 
as a measure of unit liquid (condensate) flow rate as it 
fads from the tubes to the water level below. Also, deaera- 
tion is related to the height of fall or to the time of contact 



of the condensate to be deaerated with the reheating and 
scrubbing steam, [n addition, if perforated or other types 
of trays are used, their effectiveness is not only a function 
of the number of vertically disposed horizontal rows, but 
also of the area they cover (the projected bundle area or 
less). Furthermore, the liquid-vapor flow paths within the 
deaeration baffle section have a marked effect on deaera- 
tor performance. Preferred arrangements have a cross- 
counterflow design with a positive vapor demand, through 
the baffled section, to a portion of the main condenser 
tube bundle directly above. 

As an approximation, with a tube-bundle construction, 
libera] steam flow around the bundle, and with an effec- 
tive feeding of steam around its perimeter, a dissolved 
oxygen content of approximately 0.03 cc/ liter may be ex- 
pected with a 12-in, free fall of condensate. This arrange- 
ment is also usually adequate for condensate reheating. 
However, the machinery space arrangement normally re- 
stricts the total height of the condenser, which limits the 
condensate free-fall distance that is feasible. 

Baffles or trays are seldom, if ever, used to augment 
condensate deaeration in auxiliary condensers; nor are 
they often used with mam condensers because of the addi- 
tional height required and the limited access. In general, 
dissolved oxygen levels not exceeding 0.03 cc/liter are 
satisfactory since most conventional marine power plants 
include deaerating feed tanks for further deaeration. The 
deaerating feed tanks reduce dissolved oxygen levels to 
0.01 cc/liter or less before the feedwater reaches the 
boilers. 

2.7 Condemn** Returns and Feedwater Makeup. Con- 
densate drains at pressures above deaerator pressure are 
usually drained into the deaerator. Most of the condensate 
drains that are discharged into the condenser are gener- 
ated in the feed system at pressures less than the op- 
erating pressure of the deaerating feed tank. The lower 
pressure drains are usually from the gland leakoff con- 
denser, the gland leakoff ejector condenser, the air-ejector 
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intercondenser, the shell-and-tube feedwater heaters be- 
low the deaerator in the cycle, the drain cooler, and the 
distilling plant. (Since there are many variations in the 
design of feed systems, the components listed may not 
apply in their entirety.) Some of these drains in passing 
downward in the system are cascaded in order to impart 
heat to the feedwater, and thereby reduce thermal losses 
from the cycle. Not infrequently, and especially in sys- 
tems using cascading, drains are mixed and are collec- 
tively discharged to the condenser. 

The condensate drains are frequently at pressures be- 
low atmospheric and may be a source of air infiltration 
to the condenser. The steam air-ejector inter- and after- 
condenser drains are also a source of noncondensable gas 
infiltration. To compensate for these possible sources of 
air inleakage, provisions must be made for their deaera- 
tion to a degree sufficient to maintain the desired purity 
of the feedwater. 

Most condensate drains are returned to the condenser 
at temperatures substantially above the saturation tem- 
perature corresponding to condenser pressure. In gen- 
eral, a temperature of 5 to 10 deg F above the condenser 
temperature provides sufficient energy to deaerate the 
condensate returns to less than 0.03 cc/3iter. However, 
the design of the condenser internal arrangement can 
significantly affect the ability to provide adequate deaer- 
ation. 

The design of the condensate return system inside the 
condenser frequently incorporates a perforated pipe 
header to distribute the condensate over a wide area. The 
perforations are usually drilled holes, which act as ori- 
fices. Their size and number are predetermined. The 
smaller the diameter of the holes and the greater their 
number, the less concentrated will be the jet energy effect 
from the fluid flow streams upon emerging and discharg- 
ing into the condenser; in addition, a more direct-contact 
surface will be provided for heating with condenser steam 
should the drain temperatures fall below the condenser 
temperature, or for dissipating high-energy flashed vapor 
should the temperature become higher. 

The return distribution headers should be located in the 
condenser steam distribution space and above the highest 
expected water level in the hotwell. The sprayed returns 
may be arranged to impinge directly against the con- 
denser shell or into the condensate in the hotwell on the 
bottom of the condenser. In general, as the temperature 
of the condensate returns approaches or becomes lower 
than the temperature corresponding to condenser pres- 
sure, the sprays should discharge into the condenser at a 
higher position to allow for deaeration and reheating. 
High-temperature, high-energv returns are preferably 
sprayed directly into the collected condensate with their 
velocities and distributions designed to avoid splashing 
condensate on the tube bundle. Makeup water, although 
admitted to the hotwell in many designs, requires deaera- 
tion. Very effective deaeration of makeup may be 
achieved by spraying the makeup high onto the tube bun- 
dle, preferably on the top tubes from above. However, the 
design of the sprays must provide a good distribution, low 
admission velocities, and minimum hole diameters to avoid 


Table 4 Maximum recommended energy fevef coefficient 
for flashed returns 

Coefficient, 


Service (? 


Continuous — Sprayed against shell 79 

Con tinuo ^—Sprayed into hotwell condensate 159 

Intermittent — Sprayed on tube bundle* 79 

Intermittent — Sprayed against shell 159 

Intermittent — Sprayed into hotwell condensate or 238 

on erosion-resistant target areas 


a Values of C are for guidance and are based on orifice diameters 
not exceeding % in. 

* Except fofc the deaeration of makeup, this practice should be 
avoided if possible. 
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Fig. 15 Deiign details of mofceup, condensate return, and bypass steam 
distribution system 


damaging the tubes. Also, sprays should not be located in 
the path of high-velocity steam (Le., the turbine exhaust); 
otherwise the high-velocity steam will accelerate the wa- 
ter droplets and cause erosion of the tubes. 

Considerable velocity may develop as a result of the 
pressure differential across the orifices; therefore, the 
velocity must be maintained at a sufficiently low value so 
that excessive erosion of impingement surfaces will not 
occur. Acceptable velocities for the flashing condensate 
mixture discharging from the orifices are given by the 
equation 

-‘tar 

where 

V — acceptable velocity of mixture, fps 
p m — density of mixture, pcf 
C — energy level coefficient (see Table 4) 

The density of the mixture, p mt is calculated immedi- 
ately downstream of the orifices. The velocity of the mix- 
ture, K, is calculated by using the discharge area of the 
orifice in conjunction with a suitable coefficient. For ori- 
fices made by drilling holes in a pipe header or plate, a 
discharge coefficient of 0.80 to 0,85 may be used. 

The design details of a typical spray header distribution 
system are shown in Fig. 15. The relationship of velocities 
given are for relatively short lines. It is important to ad- 
here to the velocity sequence shown if uniform distribu- 
tion is to be achieved. For long spray headers, the friction 
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losses should be determined. Headers should be sized so 
that the friction loss from any section to the end of the 
header is approximately equal to the velocity head at that 
section. 

The preceding design requirements are applicable in 
principle to both main and auxiliary condensers. 

2.9 Bypass Systems. Nuclear-powered steam power 
plants, and some others, require heat to be removed from 
the system even when the propulsion turbines are not in 
service. This heat energy, in the form of generated steam, 
is arranged to bypass the turbine and discharge into the 
condenser for energy absorption. 

Since the available energy from this steam is not being 
used to produce power, its total enthalpy less the enthalpy 
of its condensate at condensing temperature is absorbed 
by the condenser cooling water. The main condenser when 
supplied with rated cooling water flow is more than ade- 
quate to absorb this energy. The important consideration 
is that of providing means within the condenser to dissi- 
pate the velocity energy of the steam in addition to ab- 
sorbing its available heat. 

The most elementary and yet most effective system for 
handling bypass steam employs two pressure breakdown 
elements. The first is the friction in the piping between 
the condenser and the steam source; the second is the 
pressure loss through the orifices provided in the steam 
bypass distribution system inside the condenser. The 
greatest portion of the total pressure loss occurs within 
the condenser, and the steam bypass distribution system 
must be capable of dissipating this energy so that it can 
be absorbed as heat without causing mechanical damage. 

Three of the most important conditions to be satisfied 
are: (I) the steam must be desuperheated within the con- 
denser rapidly and effectively; (2) shock wave effects 
from sonic discharge impinging on tubes or other metal 
surfaces must be avoided; and (3) the mass-velocity en- 
ergy effects must be distributed over a wide area. 

In designing a steam bypass distribution system to 
meet these requirements, condition (I) can be satisfied by 
introducing the bypass steam into the condenser directly 
below the tube bundles. In this way it is discharged into 
the “rain” of its own condensate, effectively desuperheat- 
ing the steam without additional desuperheating sprays 
or other automatic devices for temperature control. Condi- 
tion (2) can be met by selecting appropriate diameters for 
the holes in the distribution headers as discussed in the 
previous section. In this case, however, the vapor leaving 
the breakdown orifices in the distribution headers will be 
substantially superheated and will be at velocities of Mach 
I or greater. Good practice is to discharge the steam above 
the condensate level in the hotwell such that it is directed 
at the condensate surface in the bottom of the condenser; 
this avoids damaging metal surfaces by erosion, tempera- 
ture, shock wave effects, and vibration. When bypassed 
steam is discharged into the exhaust trunk, care should 
be taken to avoid its impingement on the condenser tubes. 
Further mitigation of shock wave and high-velocity ero- 
sion effects may be achieved by using many small-diame- 
ter orifices in the distribution system within the con- 
denser. The shock wave from sonic flow through an orifice 


dissipates in a distance of about 30 orifice diameters; 
therefore, it is good practice to exceed this distance by a 
substantial amount before allowing the steam flow to 
impinge on metal surfaces, with the exception of specially 
designed impingement baffles. Condition (3), that of 
spreading the velocity energy effects over a wide area, is 
extremely important and will influence the requirements 
under (2) above. In the design of headers for flow distribu- 
tion, it is important that the maximum fluid flow velocity 
in the header does not exceed 75% of the fluid velocity 
leaving the orifices in the header. If it does, uneven distri- 
bution will result and the effectiveness of the system will 
be impaired. 

2.9 Cooling Water Circuit 

a. Condenser cooling water passes. Condensers can 
be constructed as single-pass or multi-pass units. Single- 
pass condensers (such as those in Figs, 3 and 7) have 
tubes arranged so that water flows from one end of the 
condenser to the other through all the tubes in one pass. 
The tubes in multi-pass units (two pass, three pass, etc.) 
are arranged in groups. In multi-pass units the coolant 
enters the inlet waterbox, flows through the first pass 
group to the return waterbox, is turned around in the 
waterbox, flows through the second pass group, and then 
(if a two-pass unit) through the water outlet nozzle. Fig- 
ures 2, 5, and 8 show typical examples of condensers of 
this type. The tubes of multi-pass condensers are ar- 
ranged in groups of substantially the same number, so 
that the cooling water, which flows through each group 
successively from water inlet to water outlet, is at the 
same velocity. Each group of tubes represents a water 
pass, and the number of such groups in a given condenser 
gives rise to the terminology of one, two, or three-pass 
condensers, 

A single cooling water pass is a necessity for condens- 
ers that rely on a scoop for the circulation of seawater. 
The amount of head that can be developed by a scoop is 
limited, especially for slower ships; therefore, condensers 
having multiple cooling water passes are not feasible in 
this application. 

The air-cooler tubes are preferably located in the first 
water pass so that the coldest water is made available to 
cool the noncondensable gases. The use of more than one 
water pass in the design of the condenser increases, in 
effect, the tube length or the distance the cooling water 
must travel from the water inlet to the water outlet. The 
product of the tube length and the number of water passes 
is the effective tube length of the condenser, and as such 
may be directly compared with the actual tube length of 
single-pass condensers. 

For a given heat load and cooling water availability, 
the primary variables that determine the condenser tube 
length are: 

1. the temperature rise of the cooling water, 

2. the water velocity through the tubes, 

3. the tube diameter and gage, and 

4. the condenser surface and space conditions or re- 
quirements. 
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With respect to variable 1 above, the greater the tem- 
perature rise, the longer the effective tube length re- 
quired for a given velocity. With respect to variable 2, the 
higher the water velocity, the longer the effective tube 
length required for a given temperature rise. Regarding 
variable 3, the larger the interna! tube diameter, the 
longer the effective tube length required for a given veloc- 
ity and temperature rise. With respect to variable 4, the 
condenser surface, and the available space conditions, the 
effects of 1, 2, and 3 will contribute to the final selection 
of effective tube length and, consequently, the required 
number of water passes in the condenser. 

One of the important factors that must be considered 
in the design of condensers, and which directly affects 
the number of water passes required, is the ratio of the 
condenser shell length to the mean condenser shell cross- 
sectional area. A long shell of small diameter does not 
lend itself to a good longitudinal steam distribution; a 
short shell of large diameter may result In objectionably 
heavy or deep tube banks. Either of the geometries can 
result in excessive pressure losses on the steam side of 
the condenser. 

Single- and turn-pass condensers are the designs most 
frequently applicable to marine condensers, with the sin- 
gle-pass more commonly used with main condensers to 
accommodate the hydraulic characteristics of scoops, and 
multi-pass condensers more commonly applicable to auxil- 
iary condensers. Constructions using three or more pas- 
ses are only occasionally needed to meet the performance 
requirements associated with marine steam power plants. 
Multi-pass condensers require less cooling water but more 
surface than single-pass condensers for a given heat load. 
The smaller cooling water piping associated with the 
smaller flow 7 may be desirable in some cases. 

b. Condenser waterboxes. Waterbox designs used 
for marine condensers may be divided into two classes: 
the bonnet type and the ring-and-cover type. In recent 
years, the bonnet- type waterbox has been used almost to 
the exclusion of the ring-and-cover type. Figures l t 2, 3, 
4, and 5 illustrate bonnet-type waterboxes. A typical ring- 
and-cover type of waterbox construction is shown in Fig. 
16. 

The bonnet-type waterbox is constructed with all ele- 
ments of the waterbox, including waterpass partitions, 
flow dividing partitions, and inlet and outlet cooling water 
nozzles, combined as a unit structure. The ring-and-cover 
type of waterbox is constructed with all elements of the 
waterbox, except for the cover, but including waterpass 
partitions, flow-dividing partitions, and inlet and outlet 
cooling water nozzles, combined as a unit structure com- 
prising the ring section only. The covers are separate and 
attached by means of bolted flanges. 

It is obvious from a comparison of the figures shown, 
that ring-and-cover waterboxes provide the greatest ac- 
cessibility for tube and tube sheet maintenance and tube 
replacement. There is little or no advantage in using ring- 
and-cover waterboxes unless they also are equipped with 


cooling water inlet or outlet connections, or both. Nor- 
mally, bonnet-type waterboxes without cooling water con- 
nections are just as easily removed to provide mainte- 
nance accessibility as their ring-and-cover counterparts. 
Condensers with an even number of passes have cooling 
water connections on one end only, and are almost invari- 
ably built with bonnet-type return waterboxes. The noz- 
zle-end waterboxes may be of either the bonnet or ring- 
and-cover type. 

Nozzle-end waterboxes of the ring-and-cover type pro- 
vide compile access for servicing tubes, tube sheets, and 
tube replacement without the need for disconnecting the 
inlet and outlet cooling water piping. Condenser mainte- 
nance is less difficult than with nozzle-end bonnet-type 
waterboxes, and tube repair, cleaning, and replacement 
can be easily done. 

Nozzle-end waterboxes of the bonnet type must be re- 
moved for Servicing tubes and tube sheets and the cooling 
water linep disconnected, except in the case of very large 
condensers wherein maintenance personnel may enter the 
waterboxes for tube servicing. For retubing, however, the 
waterboxes must be removed. 

The disadvantage of the bonnet-type waterbox is mainly 
the limited accessibility to tubes and tube sheets for. main- 
tenance. The advantages are lighter weight, better hy- 
draulic design, lower cost (especially when corrosion-re- 
sistant materials are required), and fewer bolted joints. 
The selection of the type for a given installation should 
take into account the preceding, and also the materials 
used for tubes, tube sheets, and waterboxes. The use 
of 90-10 copper nickel for these parts with its excellent 
corrosion resistance (rather than aluminum brass tubes, 
naval brass tube sheets, and steel or coated steel wa- 
terboxes} has been a major contributing factor to the use 
of bonnet-type waterboxes for marine condensers. 

c. Single- and divided-circulation condensers. Most 
condensers used in marine services, and especially those 
used for auxiliary applications l are of the single-circula- 
tion type. Single-circulation condensers are characterized 
by having but one cooling water circuit from inlet to out- 
let. Condensers of this type must be taken out of service 
when maintenance is required; and if the main condenser 
is involved, the ship may also remain out of service until 
all repairs are made. 

Condensers provided with divided-circulation cooling- 
water circuits may be operated with one half of the con- 
denser in service while the other half Is out of service. 
Maintenance Is obviously restricted to the cooling-water 
side of the condenser. Condenser designs with open center 
steam lanes, such as are characteristic of two- or four- 
bundle tube arrangements, are characteristically adapt- 
able to a divided-circulation design. 

The cooling-water system must also be divided and 
valved so that each half of the condenser may operate as 
a separate unit. The design, when operating with both 
halves in service, performs in identical fashion to a single- 
circulation type of condenser. 

When one circuit of a divided-circulation condenser is 
Isolated, the condenser operates with one half of the nor- 
mal cooling-water flow and one half of the condensing 
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Fig. 16 Condenser with circular array of tubes and peripheral steam inlet and central air cooler with vents cascaded to Inlet water end 

of first- pass tubes far final cooling 


surface active. The other half is out of service and the 
waterboxes of the condenser may be opened to provide 
access to the tube sheets such that urgently needed minor 
repairs may be accomplished, especially temporary correc- 
tion of leaking tubes or tube-end connections. Repairs 
may be made by plugging or welding as needed. 

Ordinarily, the condensing temperature at full load will 
not exceed 105 F for condensers designed for 2.25 in. Hg 
absolute with 85 F cooling water. However, with one half 
of the condenser out of service and with the full steam 
load condensed by only half the surface and half of the 
cooling water supplied to the condenser, the back pressure 
and condensing temperature will increase. At equivalent 
steam loads the cooling-water temperature rise will ap- 
proximately double. Should the condensing temperature 
reach levels that impair maintenance activities, the load 
on the turbine may be reduced to provide more tolerable 
working conditions, 

Waterboxes for divided circulation may be made as sin- 
gle boxes with a partition or as separate boxes. If parti- 
tioned single boxes are used, each side of the waterbox 
must be capable of withstanding the design working pres- 
sure when the other half is out of service. Divided-circula- 
tion cooling circuits are almost never used for auxiliary 
condensers. 

d. Pressure losses in cooling-water systems. When 
establishing the total dynamic head required to circulate 
cooling water through the condenser cooling-water sys- 
tem, the pressure loss resulting from flow through the 
condenser must be determined. For marine power plants 
the pressure loss in the cooling-water circuit of the main 
condenser is solely from flow friction; but the pressure 
loss of auxiliary condensers may have a static-head com- 
ponent, such as in those cases where the overboard dis- 
charge is above the waterline of the ship. 

The most reliable data available for computing con- 
denser cooling-water flow pressure losses are published 
by the Heat Exchange Institute in “Standards for Steam 
Surface Condensers" [4]. These Standards provide graphs 


for determining the friction loss through tubes for various 
water velocities with correction factors for gauge and 
tube diameter and for cooling-water temperature. The 
standards also include graphs for determining waterbox 
and tube*end losses for velocities through tubes or nozzles 
for single- and two-pass condensers. 

The head loss resulting from circulating-water flow 
through tubes and in the condenser waterboxes is shown 
in Figs, 17 and 18 respectively. The data in Figs. 17 and 
18 are limited to those tube sizes and gauges normally 
used in marine condensers; more complete information is 
given in the Heat Exchange Institute Standards. 

2.10 Meehan teal Design Practice. 

a. Tube sheets and tube spacing Tube sheets are 
drilled to a prescribed pattern to receive the heat transfer 
tubes. The holes into which the tubes are secured have a 
number of geometries intended to meet specific needs. 
These geometries are described in paragraph c. 

The tube holes are first drilled and then reamed for 
finish and sizing. The shell sides of the tube holes are 
chamfered, usually with a V 1& in. X 45 deg bevel, or prefer- 
ably with a Yiq in. radius. The finished diameter of the tube 
hole should be made equal to the nominal tube diameter 
plus at least 0,008 in. but not more than about 0,012 in., 
with the specific tolerance depending upon the tube ma- 
terial. 

The thickness of tube sheets varies with tube sheet 
size (area) and is dependent upon the waterside design 
pressure. Tube sheets drilled for % in., % in., or V % in. tubes 
that are to be rolled or packed should not be less than % 
in. thick. If the tubes are to be welded and rolled, the 
tube sheet should not be less than % in, thick. The earlier 
recommendations of the Heat Exchange Institute regard- 
ing tube sheet thickness are given in Table 5. The Heat 
Exchange Institute no longer publishes dimensional stan- 
dards; however, the standard given by Table 5 remains in 
general use. It should be noted that the more recent HEI 
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Frg. 17 Friction toss in condenser tubes [courtesy Heat Exchange Institute) 


Standards indude construction standards and suggest an- 
alytical methods for the design of tube sheets, which in- 
volve a complex interaction of the tube sheet, tubes, wa- 
terbox, bolting, and shell and take into consideration the 
hydrostatic pressure loadings, piping loads, water 
weights, and differential thermal expansion. 

The location of drilled holes in tube sheets for receiving 
tubes is not only a function of the overall tube bundle 
design but also a function of tube diameter and pitch. 
Most condensers are designed with a 60-deg triangular 
pitch, for which standard dimensions have been devel- 
oped. The accepted standard used by most condenser de- 
signers is given in Table 6. It is noted that the number of 
tubes per square foot indicated in Table 6 is the nominal 
maximum that can be achieved, and that number may be 
reduced by the presence of baffles, divider plates, etc. 

Condensing pressures higher than the normal values 
shown in Table 1 permit reducing the pitch to values lower 
than those shown in Table 6, except that the pitch should 
never be reduced such that the ligament is less than V 4 in. 
The tube pitch in combination with the tube bank depth 



Fig. 18 Woterbox and lube end losses (courtesy Heat Exchange Institute) 


Table 5 Recommended tube sheet thickness 0 


Area of Tube Sheet, in. 2 

Thickness of Tube Sheet, m. 

to 1965 

% 


1966 to 3739 

i 


3740 to £495 

154 


8796 to 30791 

154 


30792 and up 

154 


0 Courtesy Heat Exchange Institute. 


Table 6 

Diagonal tube pitch data 


Tube diameter, in, 

% % 

% 

Tube pitch (30* x 60* 

diagonal), in. 

% 15i, 

154 

No, tubes per fr of 

tube sheet 

189 147 

106 


determines the internal pressure loss, and design condi- 
tions will determine if the values of tube pitch given in 
Table 6 should be strictly followed. The relation of tube 
pitch to internal losses in condensers is discussed in Sec- 
tion 4, 

b. Support plates. The condenser tube support 
plates serve a number of purposes. They are used to sup- 
port the tubes between tube sheets in order to control tube 
vibration and, possibly, to provide a means for bowing the 
tubes for reducing stresses from differential expansion. 
Also, they provide convenient structural members for re- 
inforcement of the condenser shell against external pres- 
sure. In addition, the tube support plates resist bending 
loads imposed by the tube bundle and other structural 
forces. 

Support plates should be sufficiently thick to provide a 
good bearing surface for the tubes they engage. Typical 
thicknesses are % to % in, for small condensers, including 
most auxiliary condensers. Thicknesses of % to % in. are 
used with large condensers, including main condensers. 
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The required support plate thickness can be calculated 
from the following equation, which is based on a complete 
vacuum: 




3 0 bp 
SJp-d) 


m 


where 



fa) INLET END 

expanded a flared 



lb) OUTLET END * 

EXPANDED ON LIT 


t sp — support plate thickness, in. (no corrosion al- 
lowance) 

p = tube pitch, in. 
d = tube OD, in. 

S a — allowable stress, psi 
b = support plate spacing, in. 

The tube holes in the support plates should be cham- 
fered to avoid cutting tubes on sharp edges. Accepted 
practice is to use a V^-h i. by 45-deg bevel or a ^-in. radius 
on both sides of the support plate, or the equivalent by 
the use of wire-brush demurring. 

The diameter of the tube holes should be equal to the 
nominal diameter of the tube plus at least 0.010 in. but 
not more than 0.025 in. To provide a smooth surface, the 
tube holes should be reamed after drilling. 

The spacing of the support plates, in most instances, 
will be about 40 to 45 tube diameters, but should be veri- 
fied using the procedures outlined in Section 2.4. 

Support plate areas that do not engage tubes should be 
cut out or relieved as much as possible to provide means 
for longitudinal steam distribution. When they are also 
used to reinforce the condenser shell, support plates 
should be securely welded in place and provided with suf- 
ficient bearing area against the shell to properly distrib- 
ute the loading. Since the support plates act as edge- 
loaded diaphragms, they may require staying along the 
length of the shell to avoid buckling under heavy loading, 
c. Tube-to-tube-sheet joints. Condenser tubes in 
marine condensers are usually one of two standard sizes: 
% in. or % in. outside diameter. The %dn.-OD size is most 
commonly used for merchant ships, and % in. for naval 
ships. The wall thickness most frequently employed is IS 
British Wire Gage (BWG) (0,049 in.) for copper alloys and 
22 BWG (0.028 in.) for titanium. 

The method selected for securing condenser tubes to 
tube sheets should provide leak-tightness and strength as 
a supporting structure for the tube sheet, or a leak-tight 
sliding joint to compensate for expansion. Various meth- 
ods may be used in combination to provide characteristics 
consistent with design requirements for specific service 
conditions. Details of the more commonly used methods 
of securing tubes are shown in Fig. 19. 

Figure 19(a) shows a typical configuration of a tube 
expanded into a tube sheet with a rolled straight section 
and a swaged flared section; this configuration is not rec- 
ommended for titanium tubes because flaring can damage 
titanium tubes. The flare is to improve the tube inlet-end 
geometry to minimize cavitation effects from the entering 
cooling water. The inlet tube end should be nominally 
flush with the face of the tube sheet. In some eases, the 
tubes may be rolled and flared at both ends. The cylindri- 
cal section of the rolled joint in Fig. 19(a) is shown smooth. 



PACKED WITH METALLIC PACKED WITH METALLIC 

PACKING WITH FERRULES PACKING WITHOUT FERRULES 

Fig. 1? Expanded and packed fube-fo-fubesheet joints. 


but it may be grooved for an improved holding ability. 
The grooves, which are machined into the tube holes, are 
usually two in number, spaced about V 4 in. apart, and are 
about 0.015 in. deep by Y u in. wide. 

Figure 19(fr) shows a typical configuration of a tube 
expanded into a tube sheet with a straight section only. 
Where used, this design is normally applied to the tube 
outlet end. The tube hole is shown without grooves, but 
grooves may also be added to improve the holding ability 
as noted above. 

Figure 19(c) shows a typical design of a packed tube-to- 
tube-sheet joint using a combination of fiber rings and 
metal-foil packing. The ferrules are provided with clear- 
ance to allow for longitudinal tube expansion, but the 
clearance is limited to prevent excessive longitudinal tube 
movement. Tubes are normally packed at the inlet end 
only. If the tube is packed on both ends, ferrules are 
required to prevent the tube from coming out of the tube 
sheets. 

Figure 19(d) shows a typical design of a packed tube- 
to-tube-sheet joint using a combination of fiber rings and 
metal-foil packing. The tube hole is threaded so that the 
metallic packing can be driven into the threads and held 
without ferrules. This design is used for the outlet ends of 
the tubes only and must be used with inlet-end geometries 
(such as rolled or welded joints) that secure the tube in 
position. 

A geometry similar to that in Fig. 19(a) may be used to 
secure a tube to a tube sheet by welding; while the design 
incorporates a flared entrance to improve water inlet flow 
conditions, this design is also used at the outlet end of the 
tube. A geometry embodying a straight section only, with 
no flared section, may also be used, but specifically for 
the tube outlet end. The tubes should be welded first and 
then expanded. However, the suitability of this procedure 
should be confirmed by testing since roller expansion 
after welding may cause the weld to crack. Hydraulic 
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Fig. 20 Welded tube-to-tube-shest joint with dad tube sheet 


expansion does not thin the tube wall as does roller expan- 
sion and may be preferred. Liquid-penetrant inspection of 
the weld joint after welding and expansion is recom- 
mended. Welded thin-walled pipe joints that have not been 
expanded may be susceptible to fatigue failures from vi- 
bration. 

Tubes are normally welded to tube sheets of the same 
material. For economic reasons, it may be desirable to use 
a steel tube sheet that is clad with the more expensive 
tube material. Such an arrangement is shown by Fig. 20. 

Properly rolled joints can be substantially as strong as 
the tube itself, but this is generally true only when the 
tubes are either expanded into holes with grooves, or 
welded and rolled; however, the uniformity of holding 
strength will vary between these methods. 

d. Tube and shell expansion. The condenser oper- 
ates at a temperature quite different from that prevalent 
during assembly. Even under normal operating conditions 
the temperature differences are sufficiently large to gen- 
erate stresses high enough to cause tube failures. Three 
methods are commonly used to avoid the undesirable 
stresses that can result from thermal expansion differ- 
ences. 

The use of packed tube ends, or tubes with one end 
packed (outlet end) and one fixed (inlet end), allows move- 
ment of the tube longitudinally in the tube sheet joint, 
thus minimizing differential expansion stresses. This 
method has been used successfully for many years but 
does have a tendency to develop leakage (cooling water 
to condensate) at the packed ends. 

When tubes are expanded on both ends or welded and 
expanded on both ends, differentia] expansion between 
the shell and tubes resulting from different materials and 
temperatures may be accommodated by the use of a shell 
expansion joint. Figure 21 show's a toroidal joint, which 
offers substantial flexibility. It is especially suited to con- 
densers with long tubes and may be used in multiples if 
one does not provide sufficient flexibility. Figure 22 is 
a diaphragm type of joint, shown with the diaphragms 



■Fig, 21 Toroidal shell expansion joint 



/ Fig. 22 Diaphragm shell expansion joint 

attached to a circumscribing ring. The flexibility is less 
than that of a toroidal joint of equal diameter, but it is 
less expensive to build. Where space permits, it may be 
increased in diameter and used as a single rather than a 
double diaphragm. In such cases, the circumscribing ring 
may be used as the tube-sheet bolting or welding flange. 

An alternative method, which may be used when the 
tubes are rigidly fixed in both tube sheets, involves ar- 
ranging the support plate positions so that the tubes are 
bowed. Under compressive loading the tubes act as eccen- 
tric columns, which deflect easily and thereby hold the 
stresses caused by end loading to acceptable levels, A 
disadvantage of this method occurs if operating condi- 
tions place the tubes under tension. In this case there is 
little flexibility in the tubes and the expansion load can 
cause excessive tube sheet deflection. If the differential 
expansion movement is large enough, very high local 
stresses can develop and some tube-to-tube-sheet joints 
may fail* Bowed tubes are seldom used in the design of 
marine condensers. 

e. Condenser shell. The important geometrical char- 
acteristics of marine condenser shells are described in 
Section 1,4. The methods for designing condenser shells 
to withstand external pressure generally vary with space 
requirements. Common practice is to provide compression 
stays to carry the external loading on large flat surfaces 
in preference to the use of ribs. While ribs may also be 
used, they are sometimes employed as secondary mem- 
bers or to* distribute loads. Support plates may be used as 
full ribs, partial ribs, or as anchors for compression stays. 

In the case of cylindrical shells, support plates may be 
used as circumferential supporting rings- however, cut- 
outs must be provided for longitudinal steam flow. Also, 
cylindrical shells may be designed as self-supporting 
structures with the support plates used to carry external 
mechanical loading. 

The Heat Exchange Institute has published standards 
for the thickness of condenser shells. These standards, 
which are listed in Table 7, have been accepted by most 


MA/N AND AUXILIARY CONDENSERS 


573 


Table 7 Condenser shelf thickness for cylindrical shells 
(fabricated steel) 0 


Cross Section Area 

Steel Plate Shell 

of Shell, in.* 

Thickness, m. 

to 2460 

% 

2461 to 5670 

567! to 11500 


11501 to 29000 

29001 and above 

% 


Courtesy Heat Exchange Institute. 


condenser designers. While these thicknesses are recom- 
mended and establish a guide for average or normal condi- 
tions, they do not necessarily represent the optimum selec- 
tion of plate thickness for marine condensers. The HE1 
standards also provide a method of analysis for shell plate 
thickness and reinforcement. The design principles de- 
scribed in Section VIII, Division 1, of the American Society 
of Mechanical Engineers (A8ME) Code for Pressure Ves- 
sels are applicable in addition to the thicknesses listed in 
Table 7. Stress levels for the materials used and the joint 
efficiency factors listed for vacuum or external pressure 
also apply. One exception is the pitch dimension for com- 
pression stays* Experience has shown that the 8^-in, pitch 
dimension limit listed in the ASME Code may be exceeded 
and that the alternative dimension of 15 times the diame- 
ter of the stay is a safe and practical limit. 

Corrosion allowance is usually a matter of judgment; 
however, experience has indicated that a allowance 
is usually adequate. 

f* Condensate purity monitors* The condensate pu- 
rity requirements associated with high boiler pressures 
and nuclear steam plants or the desire to control corrosion 
of the condensate system, boiler, and turbine blading ne- 
cessitates the use of condensate purity monitoring sys- 
tems in steam surface condensers* The monitoring devices 
are usually instruments that typically measure the spe- 
cific conductivity of the condensate as an indication of 
dissolved solids concentration or measure condensate sa- 
linity as an indication of tube-to-tube-sheet joint leakage 
or leakage through the tubes themselves. 

Monitoring systems designed to measure condensate 
impurities may also indicate the general area where leak- 
age occurs. There are two areas where the monitoring of 
leakage is especially important. One of these is the tube- 
sheet area. This zone is used to determine the soundness 
of tube-to-tube-sheet joints. The second area is that of the 
heat transfer tubes between the tube sheets. 

To monitor the tube-to-tube-sheet joints there are four 
methods in general use: (1) the double-tube-sheet arrange- 
ment may be monitored by pressurization with condensate 
between the tube sheets, with leakage indicated by pres- 
sure decay; (2) an inner support-baffle plate, located dose 
to the tube sheet, may be used to confine tube-to-tube- 
sheet joint leakage between the support-baffle plate and 
the inner surface of the tube sheet; (3) a catch dam may 
be used to catch condensate and any tube-to-tube-sheet 
joint leakage, that drains down the inner faces of the tube 
sheets; and (4) a compartmented hotwell may be arranged 
with series flow, from initial compartments at the tube 


sheets through other compartments in sequence to the 
condensate outlet 

A double tube sheet arrangement is used with marine 
nuclear power plants; it is also noted, however, that the 
high reliability of tube-to-tube-sheet welding has resulted 
in the almost exclusive use of welded tube-to-tube-sheet 
connections in the major applications of nuclear power* 
The inner support-baffle plate used to confine condensate 
and leakage from the tube-to-tube-sheet joints is effective 
and improves the reliability of monitoring. It is more 
costly than the use of catch dams or weirs, described as 
method 3, but also is more reliable. Method 4, that of 
compartmenting the hotwell and providing series flow, is 
used in combination with method I, 2, or 3. Most designs 
divide the hotwell (if it is the whole condenser bottom) 
into four or more parts: two lengthwise and two or more 
crosswise of the condenser* Water flow is sequential, with 
the outlet from each compartment monitored, thereby in- 
dicating by the change in concentration of impurities the 
location and degree of leakage. With small condensers, 
such as auxiliary condensers, it is usually sufficient to 
monitor condensate quality at the condensate outlet only* 

2* T 1 Materials af Construction . Materials used in ma- 
rine condensers are selected to meet the requirements of 
strength, cost, and corrosion resistance, as well as other 
considerations, which may be controlling. Strength, corro- 
sion resistance, and in some instances, weight are of major 
importance and may take precedence over initial cost. A 
number of material types and grades may be suitable for 
the same part or parts of a condenser. 

Condenser shells, support plates, internal bracing, and 
nozzle connections, which comprise the condenser shell 
structure, except possibly for minor parts, are fabricated 
by welding. The materials most frequently used in con- 
struction of marine condensers are tabulated in Table 8 
and are described in the designated specifications. 

Two major areas or zones in a condenser are susceptible 
to significant corrosion attack. They are: (1) the steam or 
condensing area, comprising the condenser shell, hotwell, 
tube sheets, internal baffles, piping, ducts, and the outside 
surfaces of the heat transfer tubes, and (2) the cooling- 
water side of the condenser, comprising the waterboxes, 
tube sheets, and the inside surfaces of the heat transfer 
tubes. 

The corrosion environments coincident with these two 
areas or zones are significantly different, and the corro- 
sion mechanisms involved, while similar in some respects, 
are vastly different in degree. The steam-side corrosion 
in marine condensers is usually minimal and is seldom a 
major problem. The materials of construction, which are 
mostly carbon steel for shells, support plates, baffles, and 
bracing and nonferrous tubes and tube sheets, present no 
serious problem in this environment. The low operating 
temperatures, low dissoh T ed oxygen levels in the conden- 
sate, and very pure condensate (in terms of dissolved sol- 
ids) do not present a severely aggressive environment to 
the materials normally used. An exception, however, can 
occur due to carbon dioxide which, if present in significant 
quantity, may attack the condenser tubes, especially in 
the areas at the support plates and adjacent to the inside 
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Table 8 

Condenser construction materials 

Shell plate, flanges, 
ribs, and 

reinforcements 

Steel, ASTM, A -285, Grade C, Flange Quality 
Steel, ASTM. A-283 

Steel, ASTM, A-637, Grade N or QT 

Tube support plates 

Steel, ASTM, A-285, Grade C r Flange Quality 
Steel, ASTM, A -283 

Steel, ASTM, A-36 

Steel, ASTM, A-7 

Steel, ASTM, A-537, Grade N or QT 

Waterboxes and 

waterbox covers 

Cast iron, ASTM, A-278 

Cast nodular iron, ASTM, A-395 

Steel, ASTM, A-285. Grade C, Flange Quality 
Steel, ASTM. A*283 

Steel, ASTM, A-537, Grade N or QT 
Aluminum bronze, ASTM, B-169, Alloy D 
Copper nickel, 90/10, ASTM, B-171 

Tube sheets 

Muntz metal, ASTM, B-171 

Naval brass, ASTM, B-171 

Aluminum bronze, ASTM, B-169, Alloy D 
Silicon bronze, ASTM, B-96, Alloy A 

Copper nickel, 90/10 or 70/30, ASTM, B-171 
Titanium, ASTM, B-265, Grade 2 or 3 

Tubes 

Admiralty metal, ASTM, B-111 

Aluminum bronze, ASTM, B-lll 

Aluminum brass, ASTM, B-lll 

Copper nickel, 70/30, ASTM, B-lll 

Copper nickel, 80/20, ASTM, B-lll 

Copper nickel, 90/10, ASTM, B-lll 

Titanium, ASTM, B-338 


NOTE: This is a representative list of materials suitable for marine 
condensers and is not intended to limit the application of other suit' 
able materials. 


face of the tube sheets. The action may be chemical, with 
carbonic acid attacking the copper-base alloy tubes, or it 
also may be galvanic with the carbonic acid acting as a 
local electrolyte at the interface between tube surfaces 
and support plates. The main source of carbon dioxide 
is the breakdown of carbonates and bicarbonates in the 
seawater evaporator, which provides feedwater makeup. 
The evaporator temperature, point of admission of the 
evaporated vapor as makeup, and the provision for vent- 
ing noncondensables all affect the concentration of carbon 
dioxide in the steam and condensate. Air cooler designs 
that eliminate short circuiting and stagnation of air-vapor 
mixtures, thereby reducing the carbon-dioxide concentra- 
tion, are helpful in controlling carbonic-acid corrosion. 
Ammonia is seldom a byproduct of seawater evaporation 
at sea, but may be a factor with the evaporation of pol- 
luted harbor waters. Ammonia may also be present in the 
condenser condensate if it is used for pH control in the 
feed system. In condenser service copper-nickel tubes and 
tube sheets are quite resistant to ammonia and may be 
considered to be a reliable means for avoiding ammonia 
corrosion effects. Titanium tubes are practically immune 
to most corrosion environments. The brasses, Admiralty 
and aluminum, and also aluminum bronze are susceptible 
to stress corrosion from ammonia, even at the characteris- 
tically low condenser temperatures. The susceptibility of 
these alloys to ammonia attack is reduced if the tubes, 
especially those in the air cooler, are not under significant 
tension stresses. Some control of this may be achieved by 
using packed tubes in the air cooler section, or by rolling 


air cooler tubes last, if rolled or rolled-and-we Ided tube- 
to-tube-sheet joints are used. Experience has shown that 
the corrosion of steel condenser shells and internal baffle 
parts is very minor and that a corrosion allowance of 
about V xe in. is adequate on the steam side for the planned 
operating life of almost any condenser in marine service. 

Corrosion can be extremely severe on the cooling-water 
side of marine condensers if not properly controlled by 
design, selection of materials, and installation practices. 
Seawater, the condenser cooling medium, is an excellent 
electrolyte It promotes galvanic and crevice corrosion in 
combinations of materials that are displaced from one 
another in the galvanic series. Not only must the differ- 
ence in corrosion potential between materials be consid- 
ered, but the relationship or ratio of their respective areas 
in contact with their environment must be taken into ac- 
count For example, highly corrosion-resistant materials 
such as *the nickel-copper alloys or high-nickel stainless 
steels may be safely used for bolting or for fasteners in 
combination with major parts made of cast iron or steel 
because the ratio of their respective areas (alloy to steel 
or iron) is small. The steel or iron is sacrificed by galvanic 
action in protecting the high-alloy materials. The steel or 
iron, by comparison, is so great in area that its loss 
through galvanic corrosion becomes insignificant. 

Some basic principles and recommended practices with 
respect to mitigating galvanic corrosion in condensers are 
as follows: 

1, Where possible, use one material for all parts of the 
condenser cooling-water system, or select materials dose 
to one another in the galvanic scale. 

2. The materials used for bolting and fasteners, and 
in some instances welding, should be selected to be more 
corrosion resistant than the materials they join, 

3. A larger corrosion allowance should be used for the 
less noble materials in a galvanic system (such as carbon 
steel or cast iron as opposed to copper-base materials or 
high nickel-chromium alloys of steel), 

4, The use of corrosion-resistant metals such as cop- 
per-nickel, aluminum brass, naval brass, and especially 
titanium is an effective means for controlling corrosion. 
These materials resist corrosion by the formation of a 
durable protective oxide film on the exposed surfaces. 
Corrosion has also been mitigated on the copper-alloy 
tubes by using ferrous sulfate to form a protective iron- 
oxide film on the metal surfaces. Such a film can be estab- 
lished by injecting a ferrous sulfate solution into the con- 
denser cooling water circuit before the first use; the solu- 
tion is circulated for about three days. The coating may 
be maintained by providing anodes of soft gray iron or 
low-carbon steel, which will continue the plating action on 
the metal surfaces in the system. If the coated surfaces 
are subjected to an erosive washout of the oxide coating 
by a high water velocity, cavitation, or suspended abrasive 
particulate matter, the protection can be damaged and 
concentrated corrosive action can result. 

The use of protective coatings or paints on cast iron or 
fabricated-steel waterboxes requires special consider- 
ation. Defects in the coating can cause accelerated corro- 
sion where the seawater penetrates the eoating. Applying 
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the coating to the face of a nonferrous tube sheet used in 
combination with a cast iron or steel waterbox, and leav- 
ing the ferrous material exposed, frequently offers 
greater protection to the system than coating the iron or 
steel surfaces themselves. 

5. Sacrificial anodes attached to the inside of the wa- 
terboxes are useful in protecting iron or steel surfaces 
and are especially needed when the ferrous material is 
protected by coatings or paints. Common metals used for 
anodes are soft iron, zinc, and magnesium. For these ma- 
terials to function properly in the galvanic system they 
should be of high purity, except for magnesium, which 
is frequently alloyed with manganese, or with zinc and 
aluminum to increase the duration of the required current 
levels. Iron or steel anodes have been used successfully 
with most systems that do not otherwise include iron or 
steel. If cast iron condenser waterboxes are part of the 
system, zinc anodes should be used to reduce the rate of 
wastage of the waterbox material. Zinc anodes should not 
be installed on systems that do not have iron or steel 
components; otherwise corrosion is usually accelerated. 
Combined with coatings, anodes improve the distribution 
of current; and the protective coating used may be allowed 
to have some porosity without damaging effects. 

6. Galvanic corrosion can be accelerated by stray cur- 
rents, but it can be greatly reduced or eliminated by bond- 
ing. The usual practice with condensers is to metallically 
connect the condenser shell, tube sheet, and waterbox 
with a number of nonferrous metal straps, usually made 
of copper or high-copper alloy. Because of the low volt- 
ages associated with galvanic systems, a large number of 
bonding straps should be used (they may be spaced on 13- 
to 24 -in, centers around the periphery of the tube sheet), 

7. Crevice corrosion develops where there is an irregu- 
larity in surfaces, a junction, sharp bends, or other discon- 
tinuity where oxygen does not have ready access. The 
difference in oxygen concentration in the crevice and that 
outside the crevice sets up a corrosion cell. It may be 
manifested by corrosion within the crevice itself, or exter- 
nal but adjacent to the crevice. It can be avoided by design, 
or by the selection of materials. In the circulating-water 
system of marine condensers, the selection of materials 
such as 70/30 or 90/10 copper nickel or titanium for tubes, 
tube sheets, and waterboxes is an effective means of con- 
trolling crevice corrosion. 

8. The water velocity in the cooling-water circuit is a 
major factor in the selection of materials used to construct 
marine condensers. The damaging effects of corrosion 
are greatly accelerated by the erosive effects of water 
velocity. The major concern is with the condenser tubes. 
They are subject to inlet-end attack and to general attack, 
both of which may be related to the velocity of the cooling 
water. The usual method of controlling this kind of attack 
is to select a tube material that is not only suitable for 
use in a seawater galvanic system, but is also compatible 


Table 9 Recommended design water velocities through tubes 


Tube Material 

Water Velocity, fps 

Titanium 

5-15 

70/30 copper nickel 

3-15 

90/10 copper nickel 

3-9 

Aluminum brass 

3-7 

Admiralty 

3-4 


Note: The 3 fps lower limit is because of heat transfer considera- 
tions. It is not a corrosion limitation for the materials listed. Titanium 
may tend to foul with low water velocities and require periodic and 
continuous chlorination. 

with the tube design velocity. Table 9 lists some tube 
materials commonly used in marine service and the recom- 
mended design water velocity for which they may be con- 
sidered suitable. Adherence to these values usually pro- 
vides satisfactory results with respect to the general 
corrosion of tubes but may not be satisfactory in terms 
of tube inlet-end corrosion. Tube inlet ends may be subject 
to accelerated corrosive attack should cavitating flow oc- 
cur. Cavitation may result when the contraction of the 
flow stream at the entrance is greater than the contrac- 
tion contour of the tube at the entrance, and the water 
flow stream leaves the side of the tubes. This causes an 
erosion action and wears away the protective film that 
the tube material develops. Thus, unprotected metal is 
continuously exposed and corrosion proceeds rapidly. Cav- 
itation is increased with waterboxes of poor hydraulic 
design, especially those where the velocity of the cooling 
water entering the waterbox equals or exceeds the aver- 
age water velocity in the tubes. The cavitation effect 
caused by the high entrance velocity of the water in the 
waterbox, with respect to the water velocity in the con- 
denser tubes, can be reduced by special designs to absorb 
the velocity head energy; however, additional space is 
required. Where conditions, economic or otherwise, re- 
quire high tube entrance velocities and high waterbox 
entrance velocities the effect of cavitation may be greatly 
reduced by the use of tube inJet-end inserts. 

Tube inserts are usually made of a plastic material, 
although some are made of corrosion-resisting metal. 
Plastic inserts are inserted into the inlet ends of the tubes, 
and cemented in place; metallic inserts can be expanded 
in place. Inserts are made with a well rounded entrance 
with their thickest wall just inside the entrance, forming 
an almost imperceptible throat. The wall then tapers grad- 
ually to a feather edge, offering a minimum discontinuity 
where it terminates in the tube. They are made in various 
lengths (about 4 to 10 tube diameters) and are selected on 
the basis of the extent of cavitation previously experi- 
enced or expected. Tube-end inserts have proved to be 
effective when properly installed. It is important that they 
be securely cemented or wedged into place and that the 
feather edge is extremely thin and well bonded. Other- 
wise, the junction may, itself, cause a cavitation effect 
downstream and transfer the damage to another tube 
area. 
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Section 3 

Surface Condenser Performance 


3.1 General Consideration*. The Heat Exchange In- 
stitute Standards for Steam Surface Condensers provide 
a comprehensive treatment of surface condenser perform- 
ance and describe levels of performance that can be ob- 
tained from well designed condensers. The actual op- 
erating performance of condensers is usually compared 
for meaningful interpretation with the HEI performance 
standards. These standards do not serve as a design tool 
except that they establish a guide for the application of 
rational design methods and procedures. 

The HEI Standards are suitable for determining con- 
denser size and type and can readily be used as a basis 
for determining equipment costs for use in economic opti- 
mization studies. Also, their validity is sufficient to assure 
that condenser selections made through their application 
can be designed and built to meet the performance spec- 
ified. 

3.2 Term* and Nomenclature. The terms and nomen- 
clature that are commonly used to describe steam surface 
condenser performance are as follows: 

Condenser Duty — Condenser duty is the net heat 
transferred to the cooling water from all sources of heat 
entering the condenser. It is also called the hourly heat 
and is expressed in Btu per hour. 

Absolute Pressure — Absolute pressure is the measure 
of pressure with reference to a perfect vacuum. It is ex- 
pressed in inches of mercury, absolute. 

Static Pressure — Static pressure is the stagnation 
pressure less the pressure effect of velocity. When the 
velocity of the fluid is zero, the static pressure and stagna- 
tion pressure are equal. Static pressure is expressed in 
inches of mercury. 

Condenser Pressure — Condenser pressure is the abso- 
lute static pressure in the condenser shell, measured 
within one foot of the first tubes in the inlet steam flow 
path, and with the distribution of measurement points 
in conformity with ASME PTC 12.2 Steam Condensing 
Apparatus. 

Condensing Steam Temperature — Condensing steam 
temperature is the saturation temperature of the condens- 
ing steam at the “condenser pressure' 1 and is expressed 
in degrees F, 

Initial Temperature Difference — The initial tempera- 
ture difference is the difference between the “condensing 
steam temperature'' and the temperature of the inlet cool- 
ing water expressed in degrees F. 

Temperature Rise — The temperature rise is the differ- 
ence between the cooling-water outlet temperature and 
the cooling-water inlet temperature expressed in degrees 
F. 

Terminal Temperature Difference— The terminal 
temperature difference is the difference between the 


Table ID Values of lube heat transfer constant,® C 


Tube OD, in. 

Heat Transfer Constant 


267 

%U>1 

263 


a Courtesy Heat Exchange Institute. 


“condensing steam temperature" and the outlet tempera- 
ture of the cooling water expressed in degrees F. 

Logarithmic Mean Temperature Difference — The log- 
arithmic mean temperature difference is the ratio of “tem- 
perature rise 1 ' to the Napierian logarithm of the ratio 
of the “initial temperature difference” to the “terminal 
temperature difference” expressed in degrees F. 

Condensate Temperature Depression — Condensate 
temperature depression is the difference between the 
“condensing steam temperature” and the temperature of 
the condensate leaving the hotwell. It may be either posi- 
tive (cooling) or negative (heating) and is expressed in 
degrees F. 

Cooling-Water Velocity— Cooling (circulating) water 
velocity is the average velocity of the cooling water flow- 
ing through the heat transfer tubes. It is expressed in 
feet per second. 

Heat Transfer Coefficient — The heat transfer coeffi- 
cient is the average rate of overall heat transfer, from all 
heat sources, to the cooling water. It is expressed in Btu/ 
hr-ft 2 -deg F. 

Cleanliness Factor— The cleanliness factor is the ratio 
of the overall heat transfer of tubes in service, which are 
fouled, to the overall heat transfer of new clean tubes. It 
is dimensionless. 

Condenser Condenser surface is the surface 

measured on the outside of the heat transfer tubes be- 
tween the inside faces of the tube sheets, including inter- 
nal and external air coolers and that portion of the tubes 
within the support plates. It is expressed in square feet 

Nomenclature 

C — condenser tube heat transfer constant, from Ta- 
ble 10 

C = ratio: gpm of cooling water to square feet of con- 
densing surface, gpm /ft 2 

D = outside tube diameter, in. 

F x — heat transfer temperature correction factor, from 
Fig. 23 

F z = tube materia] and wall thickness correction, fac- 
tor from Table 11 

F 2 = heat transfer tube cleanliness correction factor, 
selected as indicated from experience 

Hi “ initial temperature difference: condensing steam 
temperature less cooling-water inlet tempera- 
ture, deg F 
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Fig. 23 Heat transfer temperature correction factor [courtesy Heat Ex- 
change Institute) 


Table 1 1 Values of tube wolf gauge and material 
correction factor, 0 f 2 


Tube Wail Gauge, BWG 


Tube Material 

20 

18 

16 

Admiralty metal 

1.02 

1.00 

0.96 

Aluminum bronze 

1.00 

0.97 

0.94 

Aluminum brass 

1.00 

0.97 

0.94 

Copper nickel 90/10 

0,94 

0 M 

0,85 

Copper nickel 80/20* 

0.90 

0.86 

0.81 

Copper nickel 70/30 

0.S7 

0.82 

0.77 

Titanium c 

0.77 

0.71 

0.67 


a Courtesy Heat Exchange Institute, 
b Estimate values. 
c Tentative values. 


T r = cooling-water temperature rise, deg F 
T s = saturation steam temperature in condenser steam 
inlet, corresponding to P 3} F 
U — overall heat transfer coefficient, Btu/hr-ft 2 -deg F 

V = water velocity in tubes, fps 
W = steam condensed, Ib/hr 

Y = ratio of initial temperature difference to terminal 

temperature difference, dimensionless 
0 m = logarithmic mean temperature difference, deg F 
3.3 Mean Temperature Difference. The true mean 
temperature difference across the heat transfer path 
from the temperature of the heat source to the tempera- 
ture of the heat receiver is most accurately expressed 
as the logarithmic mean temperature difference. It is as 
important in determining heat flow or required heat trans- 
fer surface as is the overall heat transfer coefficient. 

As commonly used in condenser calculations, the loga- 
rithmic mean temperature difference is a dose approxima- 
tion of the true temperature difference between the tem- 
peratures of the heat source and heat receiver. The two 
principal reasons for its not being exact are: First, it is 
based on the condensing temperature, as previously de- 
fined, which is assumed constant throughout the condens- 
ing steam space; actually the condensing temperature de- 
creases as steam flows through the tube banks. Second, 
it is based on the assumption of constant specific heat; 
actually, a constant specific heat is not attainable when 
condensing impure vapor. 

Fortunately, however, the total error is relatively small, 
and the logarithmic mean temperature difference as gen- 
erally used in condenser performance calculations is suffi- 
ciently accurate. The equation for the logarithmic mean 
temperature difference is: 


Table 12 Values of surface constant for tube diameter and 


gauge, 


Tube 

Diameter, 

in. 

16 BWG 

18 BW T G 

20 BWG 

% 

0.272 

0.240 

0.216 

% 

0,20$ 

0.188 

0,175 

% 

0.168 

0.155 

0.144 

1 

0.141 

0,131 

0,123 


H 2 — terminal temperature difference: condensing 
Steam temperature less cooling-water outlet 
temperature, deg F 

h — heat transferred to cooling water, Btu/ lb (of 
steam) 

K l = surface constant for tube diameter and gauge. 
See Table 12 

L = exposed length of tubes, ft 
N — number of tubes 
P = number of water passes in condenser 
P s — absolute static pressure in condenser steam inlet, 
in. Hg 

Q = quantity of cooling water, gpm 
S = exposed tube surface, ft 2 
T = cooling-water inlet temperature, F 
T c — cooling-water outlet temperature, F 


(t s - n - <n - tj 



T r 

1 

ln K 


(9) 


Corrections to for the variable specific heat may be 
neglected. For calculations that require extreme accu- 
racy. such as those associated with the establishment of 
condenser final designs, equation (9) should be modified 
to compensate for the changes in T t that result from pres- 
sure losses in the condenser and for the effect of the 
partial pressure of noncondensable gases. This will reflect 
the true heat transfer conditions as they exist in the con- 
denser; see Section 4 for additional discussion on this 
subject 

3,4 Coefficient of Heat Transfer. The coefficient of 
heat transfer recommended by the Heat Exchange Insti- 
tute is expressed by an equation that is a reasonably accu- 
rate simplification of the classical heat transfer resistance 
summation equation. The HEI equation is: 


U-F x Ff&Vf* ( 10 ) 

Equation (10) is limited to water velocities in the tubes 
of 3 fps minimum and 8 fps maximum. For velocities 
greater than 8 fps. the equation usually yields high values 
for a 
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The factor F x may be obtained from the graph in Fig, 
23 and F 2 is given in Table 11. The factor F% is selected on 
the basis of experience. Values of C for different tube 
sizes are given in Table 10. 

3,5 Heof Transfer Performance Standards, 

a. Fourier equation. The Fourier equation for unidi- 
rectional heat transfer is used to express the hourly heat 
flow in terms of the heat transfer surface, coefficient of 
heat transfer, and logarithmic mean temperature differ* 
ence. For condenser calculations it is written as follows: 


S = 


Wh 

KU 


(II) 


b. Heat balance equation. The heat balance equa- 
tion used for condenser calculations equates the heat 
given up by the heat source to the heat absorbed by the 
circulating water, It is usually written as follows: 


Wh 

5127V 


(12) 


Note; Wh in equations (11) and (12) may be from a 
number of heat sources in addition to the exhaust steam 
from the turbine. When considering all heat sources, Wh 
— W Y h x + W 2 h 2 + . . . + W n h„, The constant 512 is for 
a seawater coolant; for a freshwater coolant, the constant 
is 500. 

c. Equations used for sizing condensers. The four 
basic equations used in sizing condensers are equations 
(9), (10), (1 1), and (12). Additional equations derived from 
these and other relations of tube geometry and surface 
simplify the computations for determining surface, gen- 
eral dimensions, and other characteristics of condensers. 
The more commonly used supplementary equations are 
as follows; 


Ht = T s - T, 

(13) 

p, _ F For values of A", 

L FLK l see Table 12 

(14) 

r “ ta -‘512 C - 

(15) 

*3 

ll 

ll 

l P 

H 

(16) 

ll 

tQ 

(17) 

T, = H 2 + T t + t 

(18) 

p _ f from steam tables, ] 

1 (corresponding to T,J 

(19) 

* 

3.825 

A ~ DL 

(20) 


3.6 Design Criteria and Performance Standards. 

a. Considerations in determining condenser size. 

The design of condensers, based upon a desired perform- 
ance, is influenced by eight principal variables as follows: 


L Total hourly heat transferred, or condenser duty, 
in Btu, which is a function of: 

• weight of steam condensed 

• enthalpy of entering steam less the enthalpy 

of the condensate 

• heat loss or gain from drains and makeup 

• heat loss or gain from condensate depression 

2. Absolute static steam pressure at the condenser 
inlet (measured within one foot of the first tubes in the 
steam flow path) and the corresponding saturated steam 
temperatilre from steam tables. 

3. Cooling-water quantity. 

4. Cooling-water inlet temperature. 

5. Cooling-water outlet temperature. 

6. Cooling-water velocity through tubes. 

7. Effective heat transfer surface, which is influenced 

by: 

• total area 

■ rfumber of tubes 

• tube diameter 

• tube gage 

• tube length 

• tube material 

• number of water passes 

8. Service environment and maintenance; i.e. 

• tube cleanliness 

• air inleakage 

All of the above factors must be considered in determin- 
ing the size and characteristics of a steam surface con- 
denser, and also when determining the performance of a 
condenser on test. 

b. Establishing condenser size (Example 1). There 
are a number of mathematical procedures used in estab- 
lishing the size of a condenser, depending upon the infor- 
mation assumed for the application. One of the more com- 
monly used procedures is outlined in the following 
example for an auxiliary condenser. 

Assume 

T t = 75 F 
T r = 8 deg F 
D = % in. 

Tube gauge = 18 BWG 

Tube material = 90/10 copper nickel 

V — 6 fps 

L = 9 ft 0 in. exposed 
P = 2 

W = 7750 lb/hr 

k = 1000 Btu/lb 

F s = 0.85 (85% clean tubes) 

Derive from the above assumptions 
F 1 = 1.020 Fig. 23 

F 2 = 0.90 Table 11 

K x = 0.240 Table 12 

C = 267 Table 10 

T 0 = T t + T t = 75 + 8 = 83 F 

The condenser surface, cooling water required, con- 
densing pressure, number of tubes, and cooling-water 
friction loss are computed as follows; 
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V 

C = pjj£ = 1.389 gpm per ft 2 
V = F l FjFiCV 0 ' = 510.3 Btu/hr ft ! -deg F 

y - ln ~'Eic = 2MS 

H 2 ~~ - 7.63 deg F 

Wh 

<? “HIir r = 1892gpm 

Q 

S — — — 1362 ft 2 condenser surface 


T s — H 2 + T r + T { = 90.63 F condensing temperature 
P s = 1.450 in. Hg condenser pressure 


N — 


3.825 

DL 


= 925 tubes 


To determine the cooling-water friction loss, refer to 
Section 2, Figs, 17 and 18; 

Tube loss (0.325 X 9) X 2 = 0.59 ft 

Tube end loss (V = 6 fps) 

(0.64 x 2) - 1.28 ft 

Waterbox inlet loss 0.32 ft 

(good practice requires waterbox inlet 
nozzle velocities of 0.70 to 0.80 times 
the condenser tube water velocity; in 
this case 0,75 x 6 fps - 4.5 fps was 
used) 

Water box outlet loss 

(V = 4.5 fps; 2 pass) 0.15 ft 

Total condenser friction loss 2.34 ft of water 

Recapitulation of results 
Condenser surface = 1362 ft 2 
Cooling water required — 1892 gpm 
Condenser pressure = 1.450 in. Hg 
Condenser friction loss = 2.34 ft of water 
Number of tubes required — 925 

c. Condenser designed for a given back pressure 
(Example 2). When the condenser is to be sized for a 
given back pressure, the computation procedure is typi- 
cally as follows for an auxiliary condenser; 

Assume 

T = 75 F 
D = % in. 

Tube gauge = 18 BWG 

Tube material — 90/10 copper nickel 

V = 6 fps 

L — 9 ft 0 in. exposed 
P = 2 

W = 7750 Ib/hr 

h - 1000 Btu/lb 

F s = 0.85 (85% clean tubes) 

P s = 1.5 in. Hg 


Derive from the foregoing assumptions 

Ft = 1.020 Fig. 23 

F 2 = 0.90 Table 11 

Kt = 0.240 Table 12 

C = 267 Table 10 

T s = 91.72 F Steam table for 1.5 in. Hg abs 

Hi = T s - Ti= 16.72 deg F 

Determine the condenser surface, number of tubes, 
coo ling- water flow, coo ling- water velocity, and cooling- 
water friction loss as follows; 


£7 = 


V 
PLK \ 


1.389 gpm per ft 2 


U = = 510.3 Btu/hr ft 2 -deg F 


Y= In" 1 


U 

512 C’ 


2.049 


H 

= Y = 8 - 16 de s F 


T r = H t - H 2 = 8.56 deg F 
„ Wh 

0 ’ mf r " 1768 Bpm 


s = ~ = 1273 ft 2 


„ 3.825 

N — - = 865 tubes 

ULj 


The condenser friction loss is the same as for Example 
1, because the water velocity in the tubes, the tube 
lengths, and the waterbox characteristics were assumed 
to be the same. The amount of surface and cooling water 
required change because of the difference in the two bade 
pressures, one calculated, the other assumed. 
Recapitulation of results 
Condenser surface = 1273 ft- 
Cooling water required = 176S gpm 
Condenser pressure = 1.50 in, Hg 
Condenser friction loss = 2.34 ft of water 
Number of tubes required — 865 
th Determination of condenser performance by test 
(Example 3), In the process of testing a condenser, it Is 
general practice to compare the condenser performance 
with a standard, such as one of those published by the 
Heat Exchange Institute. A procedure commonly used 
to determine condenser performance from test data is 
outlined below using the condenser from Example 1, 
Given 


S = 1362 ft 2 


D = % in. 
Tube gauge = 

18 BWG 

Tube material 

= 90/10 copper nickel 

L = 9 ft. 0 in. exposed 

P =2 

K x = 0.240 

Table 12 

F s = 0.90 

Table 11 

C = 267 

Table 10 
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Data from test (assumed to be typical) 

Ti = 70 F 
T 0 = 77.9 F 
W = 7800 lb/ hr 
h ~ 995 Btu/lb 
P s = 1.30 in. Hg 

Derive from test data 


T r = T 0 — ^ = 7.9 deg F 
T s = 87.17 F from steam tables 
fli = T,-Ti = 17.17 deg F 
H 2 = Hi -T r = 9.27 deg F 
F 1 = 1.00 Fig. 23 

Determine the performance of the condenser as follows: 


Q = 


Wh 

512 T r 


= 1919 gpm 


e 


rn 


u = 

c = 


, K 

H 2 

Wh 


7- = 12.82 deg F 


= 444.5 Btu/hr-ft 2 -deg 

e„s 


Q 


= 1.409 


F 


V = PLKiC = 6.087 fps 


F, 


U 


F l F 2 CV >J - 


- 0.750 


The value of F 3 corresponding to new clean tubes is 
1.00. The design value used for Example 1 is F s = 0.85 or 
85% of clean-tube performance. However, the assumed 


test data show the condenser to be performing at F s = 
0.750 or 75,0% of the new clean-tube heat transfer rate. 

If the condenser had been cleaned prior to test, the 
75.0% of new clean-tube performance could have resulted 
from a number of factors. First, condenser tubes, which 
have been in service, do not fully recover new clean-tube 
performance after mechanical cleaning. Experience indi- 
cates that recovery after mechanical cleaning will be to 
about 90 to 95% of new clean-tube values. If the tubes are 
acid cleaned, in addition to mechanical cleaning, recovery 
should beiplose to 100%. Second, poor performance may 
result from excessive air leakage, undersize vacuum 
pumps, or the combined effects of both. Third, poor per- 
formance may result from a poorly designed condenser, 
including an improperly designed air cooler. 

In genera], fouled tubes (less than 100% of new clean 
performance) are always a factor and cannot be entirely 
eliminated without careful mechanical cleaning followed 
by acid > cleaning. Most condensers are mechanically 
cleaned only because of the problems associated with 
chemical cleaning, and less than 100% of clean-tube per- 
formance during service periods is to be expected. 

Fouling studies conducted by the Heat Transfer Re- 
search Institute indicate that titanium tubes are fouled 
only by biologically bound silt whereas copper-nickel 
tubes are fouled by silt and corrosion products. At high 
velocities the fouling rates of titanium are decreased sig- 
nificantly, and the design cleanliness factor can be as high 
as 0.90 to 0.95. But at low velocities, or during shutdown 
periods, the fouling of titanium can be significant; how- 
ever, this can be controlled by chlorination, 

In the actual design of a condenser, a design margin of 
from 5 to 10% (equivalent to 105 to 110% of new clean- 
tube performance) is good practice. Condensers designed 
with allowances of this magnitude usually show close to 
100% performance (F3 = 1.00) if tested immediately after 
a thorough mechanical cleaning. 



Section 4 

Performance Predictions from Design Geometry 


4.1 Introduction. The Heat Exchange Institute Stan- 
dards recommend values for condenser performance that 
have been determined through field and laboratory test 
experience. These standards represent empirical values 
that have resulted from observation rather than from the 
development of theoretical considerations. The Standards 
list basic heat transfer values for the usual sizes of tubes 
used in condenser construction with the applicable factors 
for adjusting these values for tube material and gauge, 
for cooling water temperature, and for specific water ve- 
locity ranges {see Section 3). 

The predicted performance of a condenser sized by the 
use of these standards is based on standardized heat 
transfer values. However, it is important to understand 
that these established values of heat transfer in the Stan- 
dards include an adjustment for pressure losses within 


the condenser and, therefore, do not conform with normal 
heat transfer values established by rational means. Actu- 
ally, the steam condenser is a thermodynamic device that 
incorporates both the principles of heat transfer and the 
thermodynamics of fluid flow, and both of these disci- 
pllnes must be carefully considered in its design* The liter- 
ature contains a large amount of data on heat transfer, 
which relate to water flowing through tubes and steam 
condensing on tubes. Generally, these data apply to sin- 
gle-tube condensers and they describe performance with 
good accuracy. If applied to multi-tube condensers, seri- 
ous error will result unless other factors in addition to 
heat transfer are considered. The development of these 
factors and their application to condenser design parame- 
ters are discussed in the following paragraphs* 

4,2 Modes of Hoot Transfer. Heat is transferred in 
three distinct modes in shell-and- tube-type steam condens- 
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ers. These modes are conduction, convection, and condens- 
ing heat transfer. As resistances, the reciprocals of their 
respective conductances, they are in series with the heat 
flowing from the higher temperature condensing steam 
through the tube wall and whatever fouling resistances 
have accumulated on the tube surfaces to the colder cool- 
ing water. 

a* Condensing heat transfer. Condensing heat 
transfer, with respect to steam condensing on a colder 
surface, is characterized by a relatively high value of 
conductance. The usual method of computing condensing 
heat transfer coefficients for tubes is by the theoretical 
equation of Nusselt. Experimental data for organic va- 
pors are in good agreement with the Nusselt prediction; 
for steam condensing on small tubes at low condensing 
rates, the conductance determined with the Nusselt equa- 
tion for a single tube is about 65% of that empirically 
determined for a single tube. Experimental results with 
steam for a bank of 20 tubes are in reasonable agreement 
with the Nusselt equation for a single horizontal tube. 
The adjustment for additional rows of tubes is small, with 
the heat transfer coefficient reducing only about 10% for 
tube banks with as many as 120 tube rows. The net effect 
on the overall heat transfer coefficient is minor, and the 
following classical form of the Nusselt equation for single 
horizontal-tube condensing heat transfer is suggested for 
design purposes: 



where 

h s = conductance (steam to tube outside surface), Btu/ 
hr-ft 2 -deg F 

k = thermal conductivity of condensate, Btu/hr-ft 2 - 
deg F/ft 

p = condensate density, pcf 
g = acceleration due to gravity, 4,17 X 10 s ft/hr 2 
p = condensate viscosity, Ib/hr-ft 
W = steam condensed, Ib/hr-ft (length of tube) 

Note: The physical properties of the condensate corre- 
spond to the mean condensate film temperature. 

b. Conduction heat transfer* The conduction mode 
of heat transfer may be considered to be made up of five 
resistances to heat flow arranged in series. The relation 
is expressed as follows: 

^oxl y*tw //} " 1 " Tj^ (22) 

where 

r c = resistance from outside to inside of tube inclu- 
sive of all resistances except that of the con- 
densing steam and heating water, hr-ft 2 -deg 
F/Btu 

r oxi = resistance of the oxide film on the outside of a 
new clean tube, hr-ft 2 -deg F/Btu 
r oyf2 = resistance of the oxide film on the inside of a new T 
dean tube, hr-ft 2 -deg F/Btu 
r tw = resistance of tube wall, hr-ft 2 -deg F/Btu 
r A = resistance from fouling on the outside of the tube 
in service, hr-ftMeg F/Btu 


Table 1 3 Values of r ox/ the resistance of the oxide film on 
the inside and outside surfaces of dean tubes 


Tube Material 

'Foxs 

hr-ft s -deg F/Btu 

Admiralty metal 

0,000136 

Aluminum bronze 

0.000153 

Aluminum brass 

0,000167 

90/10 copper nickel 

0.000178 

80/20 copper nickel 

0,000193 

70/30 copper nickel 

0.000243 

Titanium 

0.000195 


Tf % = resistance from fouling on the inside of the tube 
in service, hr-ft 2 -deg F/Btu 

General practice is to simplify equation (22) by combining: 

^ox 1 % ^ 0*2 — T ox 

and 

r A + r h = r f 

so that 

Tc = r az + r f % r iw (23) 

The resistance of the tube wall is determined from the 
thermal conductivity of the tube material and its thick- 
ness. For thin-walled tubes there is no need to correct for 
tube diameter; nevertheless, the general equation for r tw 
is: 


where 

r tw — resistance of tube wall referred to the outside 
diameter, hr-ft 2 -deg F/Btu 
t = tube wall thickness, in. 

D c = tube outside diameter, in. 

Di = tube inside diameter, in* 
k = thermal conductivity of tube material, Btu/hr-ft 2 - 
deg F/ft 

Values of r ax> the resistance of the oxide film on new 
clean tubes, are not generally available* Values that are 
available will be found to vary with the source, and largely 
be dependent on the nature of the experimental data* Data 
published in the Heat Exchange Institute Standards for 
Steam Surface Condensers and other published Heat Ex- 
change Institute data on condensing heat transfer are 
possibly the most comprehensive and valid sources for 
this kind of information. The values for r ox are combined 
in the overall heat transfer data given by HEI but can be 
determined as separate values through the application of 
analy tical procedures. The values listed for r in Table 13 
have been derived from published HEI data by such a 
procedure. 

The value used for r ff the resistance due to fouling of 
the tubes in service, is comparable to the cleanliness fac- 
tor generally used with the HEI performance standards. 
It may be computed as a resistance from the HEI stan- 
dards; however, since it is expressed as a percentage of 
new clean-tube heat transfer and is taken as a resistance, 
it will vary as a function of the HEI heat transfer rate 
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used. It is suggested that the fouling resistance be calcu- 
lated on the basis of Admiralty metal tubes at an 8-fps 
water velocity with an inlet water temperature of 80 _F. 
For example, when computed in this manner, for 85% 
clean tubes, r f is approximately equal to 0.00023 hr-ft 2 - 
deg F/Btu. Values of r f derived from HEI cleanliness 
factor for a constant value of “percent clean” increase 
as the overall heat transfer upon which they are based 
decreases. The major controlling variables are water ve- 
locity, tube material, tube gauge, inlet water temperature, 
and tube diameter. 

c. Convection heat transfer. The mode of heat 
transfer that applies to the cooling water flowing through 
the condenser tubes is known as convection heat transfer. 
Since the flow is established by mechanical means, the 
type of flow is classified as forced convection. Further, 
the normal design velocities used maintain the flow in the 
turbulent range. 

The following classical Nusselt expression for de- 
termining the conductance of liquids being heated while 
flowing through horizontal tubes is recommended for de- 
termining the convection heat transfer value, for Reyn- 
olds numbers greater than 2100: 

Nu = C(Ref(Pr) b (25) 

where 

Re — Reynolds number 
Nu = Nusselt number 
Pr — Prandt! number 
C = Constant 

With the exponents evaluated, equation (25) is com- 
monly referred to as the McAdams equation, or the Dittus- 
Boelter equation, which is as follows: 

where 

k w — conductance (inside tube surface to water), Btu/ 
hr-ft 2 -deg F 

D — inside diameter of tube, ft 

k = cooling-water thermal conductivity, Btu/hr-ft 2 - 
deg F/ft 

p — cooling-water density, pef 
V — water velocity, ft/hr 
p. — cooling-water viscosity, lb/hr-ft 
C p = water specific heat, Btu/lb-deg F 
<7 = constant 

The proposed values of C vary as follows: 

McAdams 0.0225 

Dittus-Boelter 0.0243 

HEI data 0.0240 

For steam condensers operating in the temperature range 
characteristic of marine power plants, C = 0.0240 is rec- 
ommended. 

The physical properties of the cooling water correspond 
to the mean bulk temperature of the cooling water. 

d. Overall heat transfer. The overall heat transfer 
coefficient U r can be calculated from the conductances 


for condensing vapor and heating water, and the total 
of the conduction resistances. In condenser practice it is 
customary to calculate the coefficient U T based on the 
outside surface of the heat transfer tubes. 

The general equation for the overall coefficient U T for 
steam condensers, with steam condensed on the outside 
of the tubes and cooling water heated on the inside of the 
tubes, is as follows: 


KU. r 


1 



Do 

kj) { 


+ r lK 4- r„ + r f 


(27) 


where 

U T = overall heat transfer coefficient as determined 
from rational methods, Btu/ft 2 -hr-deg F 
h, = conductance of condensing steam, Btu/ft 2 -hr-deg 
F 

h w “’conductance of cooling water, Btu/ft E -hr-deg F 
r ilu “/resistance of tube wall, ft 2 -hr-deg F/Btu 
r ax = resistance of new clean-tube oxide film, ft 2 -hr-deg 
F/Btu 

r } - = resistance of fouling in service, ft 2 -hr-deg F/Btu 

4.3 Steam Space Pressure Losses. In the process of 
condensing a vapor, the condensing temperature is a func- 
tion of the vapor pressure in accordance with the satura- 
tion pressure-temperature relationship of the thermody- 
namic fluid involved, in this case steam. The steam flow 
from the condenser steam inlet, around the tube bundles, 
and through the tube banks is characterized by a pressure 
loss with the condensing steam temperature in conformity 
with the saturation pressure-temperature relationship. 
This pressure loss results in a reduction in temperature 
in the direction of flow, and the resulting change in tem- 
perature from steam inlet to air cooler inlet affects the 
rate of heat transferred in the various pressure zones of 
the condenser. 

To simplify the analysis of the heat flow system, it can 
be assumed that a single tube can be selected that will 
represent the average performance of the entire tube bun- 
dle, or bundles. Considering such an average tube, the 
steam pressure at its surface is quite different from that 
at. the condenser steam inlet; and, consequently, the steam 
temperature, in conformity with the saturation pressure- 
temperature relationship, will also be different. In addi- 
tion, the performance standards of the HEI and test mea- 
surements conforming to the ASME Performance Test 
Code for Steam Condensers are based on static pressure. 
The condenser tube, however, senses a temperature more 
closely related to total or stagnation pressure than to 
static pressure. It is necessary 7 , therefore, to consider 
these relationships in performing a rigorous heat transfer 
analysis. 

The heat transfer representing the contract perform- 
ance of the condenser and the actual heat transfer of the 
average tube in the tube bank are based on the same duty. 
The heat transfer corresponding to contract performance 
includes losses within the condenser steam space and is 
based on a higher condensing temperature than the aver- 
age condensing temperature within the tube bank. Conse- 
quently, it is lower than the heat transfer computed on 
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(b) Moderate tube (pacing, moderate lieaoi entrance velocities 


the basis of the average condensing temperature in the 
tube bank. The two condensing temperatures can be re- 
lated to condensing pressures, one representing contract 
pressure, and the other representing the average pres- 
sure within the tube bank. It is desirable to produce a 
design so that there is a minimum difference between the 
pressure representing contract condenser performance 
and the average pressure within the tube bank. To accom- 
plish this it is necessary to produce a design wherein the 
internal losses are less than those included in the contract 
performance standard {inherent in HEI performance). 

In order to illustrate the principles involved in the deter- 
mination of condenser steam-side pressure losses* con- 
sider the condenser design shown by Fig. 24. Figure 24 
represents a condenser shell geometry based on a given 
available space. It is assumed that the condenser surface* 
water flow, and tube size* gauge, length, and number 
have been determined. The task remaining is to establish 
the optimum tube arrangement. 

The steam flowing from the steam inlet to the air cooler 
inlet incurs a pressure loss. This loss may be considered 
to be made up of two components: (1) the distribution loss, 
that is, the loss in pressure required to cause the steam 
to flow from the condenser steam inlet, throughout the 
length of the condenser, and around the tube bundle; and 
(2) the penetration loss* that is, the loss in pressure re- 
quired to cause the steam to flow through the tube bundle, 
from its perimeter to the air cooler within it. The arrows 
surrounding the tube bundles in Fig. 24 represent the 
steam flow for distribution, and their length represents 
the steam velocity. The arrows arranged radially within 
the tube banks represent the steam flow for penetration, 


(a) Tight tube spacing, law steam entrance velocities 

jIIIIIIIIIIIl 


(c) Lease tube spacing, high steam entrance velocities 


Fig. 24 Condenser design geometry alternatives 
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CONDENSER DESIGN GEOMETRY 


and their length also represents steam velocity. Since the 
pressure loss is a function of the velocity of the fluid 
stream, the length of the arrows is indicative of the pres- 
sure loss. Figure 24 (a) shows a design where the pressure 
loss from distribution is small because of a large flow area 
and low velocity, and the pressure loss from penetration is 
large because of the compact tube bundle and, conse- 
quently, high penetration velocity. Figures 24 (ft) and (c) 
represent modifications of the tube bundle in Fig. 24 (a). 
Successively, the tube bundle is expanded, reducing the 
steam velocity of penetration, but increasing the steam 
velocity of distribution. Consequently, Figs. 24 (a) 3 (b), and 
(£} represent design geometries of increasing distribution 
losses and coincident decreasing penetration losses. Some 
arrangement of the tube bundle, with given condenser 
shell dimensions, will result in a minimum pressure loss 
(distribution loss plus penetration loss) from the steam 
inlet to the air cooler entrance. Curves which permit a 
determination of the optimum tube arrangement are 
shown in Fig. 25. The letters A, B, and C f represent the 
design geometries of Figs. 24 (a), (6), and (c), respectively. 
It will be noted that the total pressure loss, which is the 
sum of the distribution and penetration losses, reaches a 
minimum value at a design geometry approaching that of 
B in Fig. 25, which corresponds to the moderate arrange- 
ment of Fig. 24 (6), 

By application of the preceding technique, the optimum 
condenser design geometry can be determined. However, 
the actual values of internal pressure loss associated with 
each design must first be established. The procedure for 
evaluating these losses follows. 

a. Determination of mean total pressure around the 
tube banks. The mean total pressure around the tube 
bank is taken as a weighted-average total pressure. It is 
based on (I ) the average total pressure immediately above 
the tube bundle, (2) the average total pressure immedi- 
ately above the hotwell, and (3) the average total pressure 
at the tube bundle centerline. Included in these pressure 
determinations are the entrance loss to the main steam 
■inlet lane and the loss due to the change of direction (at 
the hotwell) of the steam flow leaving the main steam 
inlet lane. The average of these three total or stagnation 
pressures may be considered to be a reasonably valid 
estimate of the average stagnation pressure of the steam 
entering the tube banks. 


The steam flow in a condenser is a compressible, vari- 
able-area flow with fluid friction and a transfer of heat 
Except at the tube bank interface with the steam distribu- 
tion passages, the flow is adiabatic with changing mass. 
It cannot be treated as isen tropic because of fluid friction, 
nor as Fanno line flow because of area change and mass 
change along the flow path. In addition to the above, the 
flow entering the condenser is usually stratified (see Fig. 
9), It has been observed that under some flow conditions, 
steam entering the condenser assumes a pressure gradi- 
ent much tike that of an expanding nozzle. 

To simplify the problem, it is customary to treat the 
steam flow as if it were one dimensional and uniform in 
velocity rather than stratified, incompressible rather than 
compressible, and adiabatic rather then nonadiabatic. 
Once the basic condenser geometry is established using 
the above simplifications, adjustments may be made to 
compensate for stratification of flow. The other simplifi- 
cations do not materially affect the validity of the design 
calculations. 

Since the Heat Exchange Institute Standards define the 
condenser design pressure as the average static pressure 
measured within one foot of the first tubes in the flow 
path, the longitudinal pressure distribution loss is usually 
included in the specified condenser pressure. This is espe- 
cially true with main condensers where the steam inlet 
area covers a very high percentage of the condenser shell 
area. The designer is cautioned, however, to check the 
center-to-end flow distribution losses — that is, the pres- 
sure loss from steam flowing around the support plates 
at those sections where the support plates are outside of 
the steam inlet area of the shell. The sum of these losses, 
including end flow in the condenser, should be signifi- 
cantly less than the distribution loss around the tube bun- 
dle. An estimate of this loss for each support plate may 
be made from the following equation, which is empirical 
and limited to area ratios greater than 0.70 in this appli- 
cation: 



where 

AP — pressure loss across support plate, in. Hg 

A y s= net area between support plates and condenser 
shell, ft 2 

A* — net area between tube bundle perimeters and 
condenser shell, ft 0 
p = density of steam, pcf 
— steam velocity between shell and support plate, 
fps 

g — gravitational acceleration, ft/sec® 

C — conversion constant, psf to in. Hg = 0.01414 

The steam flow and the resulting velocities around the 
support plates must be determined by calculating the rela- 
tive steam demand for each section between support 
plates for the entire condenser in order to apply equation 
(28) properly. 

To compute the pressure distribution around the tube 
bundle, the following procedure may be applied to each 
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Fig. 26 Condenser pressure zones 


section between the support plates and averaged as the 
entrance steam pressure around the tube bundle. The dif- 
ference between this pressure and the specified condenser 
pressure, when both are computed as total or stagnation 
pressures, represents the pressure loss for steam distribu- 
tion. The process may be simplified without significant 
error, if the longitudinal pressure losses are small. The 
simplification can be accomplished by computing the 
losses around the tube bundle at that section of the con- 
denser corresponding to the specified design pressure. 
The procedure for computing these losses in this manner 
is as follows. (This procedure is also applicable to each 
individual pressure section.) 

As the first step, the steam flow area within one foot 
of the first tubes in the steam flow path is computed, 
and the steam velocity is determined assuming uniform 
unstratified flow. The stagnation or total pressure at this 
location, or pressure zone 1 (see Fig. 26), is computed from 
the following equation: 

CpV 2 

p ‘- p ° + ~t {29) 

where 

P t — total pressure, m. Hg 
P M — specified condenser pressure (static), in. Hg 
p = steam density, pcf 

V = steam velocity in pressure zone (pressure zone 1, 
Fig. 26), fps 

g ~ gravitational acceleration, ft/ sec 2 
C = conversion constant, psf to in. Hg = 0.01414 

In this example, all pressure losses around the tube 
bundle periphery are based on the pressure in pressure 
zone 1. 


The second step is to compute the entrance loss from 
pressure zone I to the main steam inlet lane as follows: 

CpV 2 

AP„ = O06-J— (30) 

2 9 

where 


AP tn — entrance loss, in, Hg 

V — steam velocity at entrance area, fps 


and other terms are as defined for equation (29). 

The third step is to calculate the pressure loss due to 
friction from pressure zone 1 to pressure zone 2. This is 
accomplished by computing the flow areas at the respec- 
tive zones and calculating the steam velocity at these 
areas. In calculating all steam velocities, it is assumed 
that the net steam flow reduces proportionately with flow 
along flow distances L v h 2i L$, and L 4 , The flow areas are 
considered to be the distances between the tube banks at 
the various reference pressure zones multiplied by the 
condenser tube length. 

The Reynolds number is next computed for the main 
tube bundle entrance area at pressure zone 1 and for the 
flow area at pressure zone 2, from the following rela- 
tionship. 


Be 


p£>eVt 


(31) 


P 


where 


p == steam density, pcf 
V t = steam velocity, ft/ hr 
p = steam viscosity, Ib/hr-ft 

D e — equivalent diameter of flow area (i.e., ratio of flow 
area to wetted perimeter multiplied by 4), ft 

Using the mean of the two Reynolds numbers for zones 
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1 and 2, refer to Fig. 27 and determine the friction factor, 
/ on the basis of a roughness equal to that for smooth 
tubes. 

The pressure loss due to friction from pressure zone 1 
to pressure zone 2 can be calculated using the Fanning 
equation as follows [the entrance loss from equation (30) 
must be added to the associated A P } in this example 
AjP a_J: 


AiVi — 


4 Cp/LV 2 

D£g 


(32) 


where 

A P 2 _ i — pressure loss from zone 1 to zone 2, in. Hg 
f= friction factor from Fig. 27 
L — flow length from zone 1 to zone 2, ft 
V = average velocity between zone 1 and zone 2, 
fps 

Z> f — average equivalent diameter (i.e., ratio of flow 
area to wetted perimeter multiplied by 4) be- 
tween zone 1 and zone 2, ft 
g — gravitational acceleration, ft/sec 2 
p — density of steam, pcf 
C — conversion constant, psf to in, Hg = 0.01414 

This procedure is repeated to determine the frictional 
pressure loss from pressure zone 2 to pressure zone 3, 
again taking into account the reducing mass flow along 
L$. It is repeated along L A to the centerline of the tube 
bundle where the terminal flow and velocity are assumed 
to be zero. In this case the flow area is calculated as the 
distance from the tubes to the maximum hotwell level 


(assuming no other obstructions) multiplied by the con- 
denser tube length. 

An exit loss due to the change in flow direetioirfrQm 
the main steam lane to the underside of the tube bank 
must be added. For this purpose, equation (30) may be 
used, but with a coefficient of 0.25 instead of 0,05. Such 
losses, which are entrance and exit losses, are added to 
the friction losses calculated at the various zones of the 
main steam distribution lane, le. t at pressure zone 1-2 
(flow path L-j) and pressure zone 3-4 (flow path L J, which 
are illustrated by Fig. 26. 

The process for computing the mean total pressure loss 
around the tube bundle involves averaging the losses for 
selected incremental flow distances. This may be done by 
graphic integration, by algebraic averaging, or by other 
convenient methods, An acceptable result may be ob- 
tained by using the following equation, which is based on 
a three-pressure-zone analysis with flow directions and 
distances as shown in Fig. 26: 

AP dm = 

+ L12(AP U + APJ 4 AP^J + L 3 (2AP 2 ^ 

+ A/W + U^AP^ + APJ + A/YJ 

2(1, + L.H + Ld 1 ' 

where 

AP dm — mean total pressure loss around tube bundle, 
in. Hg 

AP 1 ^ — pressure loss at zone 1, flow path L it (generally 
zero), in. Hg. Pressure at location 0 in pres- 
sure zone 1 is to be taken as P t from equation 
(29) 
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APo-i = pressure loss from zone 1 to zone 2, flow path 
L 2f in. Hg 

AP ^2 — pressure loss from zone 2 to zone 3, flow path 
Hg 

A/Vu = pressure loss from zone 3 to zone 4, flow path 
L At in, Hg 

AP zn — entrance loss, zone 1 to flow path L Zl in. Hg, 
equation (30) 

AP^ = exit loss, from end of flow path L 2 to zone 3, 
in. Hg, equation (30), except the coefficient 
becomes 0.25 (approx.) 

and where 

AA-o ^ A P^ + A P 2 _ t 
AP^ - A P^ + AP 2 _ x + A P^ 2 

^ The preceding example illustrates the principles used. 
The specific treatment of flow and geometry in the exam- 
ple should not be considered to be limiting.' Many simpli- 
fying assumptions were made and improved accuracy is 
possible by the application of more rigorous techniques. 
It is recommended that after a condenser is selected 
through the procedures described, a more rigorous check 
of A P dm be made by applying the principles to the com- 
plete tube bundles and making an allowance for stratified 
flow at the pressure measurement zone, pressure zone 1. 

b. Determination of pressure loss in tube banks. 
For the calculation of the pressure loss through tube 
banks, the actual bank is replaced by an equivalent square 
one having the same perimeter and'number of tubes. The 
equivalent number of rows in the depth of such a tube bank 
may be computed from the equation 

A7 NP 

N ‘ = L (34) 


where 

N e — equivalent number of tube rows 
N= total number of tubes in tube bundle being con- 
sidered 

P = tube pitch (for a variable pitch use an equivaient 
value), ft 

L = perimeter of tube bundle, ft 

The next step is to calculate the velocity through the 
minimum flow area between the outer tubes. The flow 
area may be calculated from the equation 

A =j(P- DJL t (35) 

where 

A = entrance area to tube bundle, ft a 
L — perimeter of tube bundle, ft 
P — tube pitch (for variable pitch use equivalent 
value), ft 

D 0 — tube diameter, ft 

L t — condenser tube length, ft 

W 1 ith this^ flow area the steam velocity entering the 
periphery of the tube bank is computed as 


V = 


W 


(36) 


3600 pA 

where 

V — steam velocity, fps 

W = steam condensed in tube bundle, Ib/hr 
p — steam density at mean static pressure around the 
tube bank, pcf 

V the steam velocity in ft/hr, is used in calculating the 
Reynolds number. The Reynolds number may be calcu- 
lated from equation (31) modified as 


Re 


PD.V, 


(37) 


where D a is the outside tube diameter in feet, and all other 
terms are as described for equation (31) at the tempera- 
ture corresponding to the mean pressure at the tube bank 
entrance. 

The friction factor is determined by entering Fig. 28 
with an adjusted Reynolds number equal to one-half the 
value calculated from equation (37). 

The tube bank pressure loss equation, modified for a 
uniformly decreasing mass flow, is [5]: 


where 

A = pressure loss through tube bank, in. Hg 
/' = dimensionless friction factor (Fig. 28) 

N c = equivalent number of tube rows 
p - mean density of steam at tube bank entrance, 
pcf 

entering steam velocity between tubes, fps 
g = gravitational acceleration, ft/sec 2 

The mean effective pressure loss through the tube bank 
is used to determine the mean condensing pressure in the 
tube bank and its corresponding temperature, which is 
used to calculate the basic heat transfer. The mean pres- 
sure loss in the tube bank, with units of in. Hg, is com- 
puted from 

A o _ L c ^ N A O.GUUpV* 

&P„m ~ 4/ (O.o + — j — (39) 

In order to calculate the pressure in the tube bank related 
to \P t ,„ the following procedure is suggested. All heat 
transfer calculations in this procedure are based on total 
pressure and, therefore, the mean condensing pressure, 
Ppm > n the tube bank representative of the condenser as 
a unit is referred to the design condenser pressure plus 
its velocity pressure, i.e., P t , P pm is calculated as follows: 

p P m = P, ~ A P dm - AP pm (40) 

where 

Ppm = mean total pressure corresponding to the aver- 
age tube representing the tube bundle de- 
sign conditions calculated with P t as the ref- 
erence, in. Hg 
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P t = mean condenser total pressure [see equation 
(29)], in. Hg 

AP dm = mean distribution pressure loss [see equation 
mi in. Hg 

A P pm = mean penetration pressure loss [see equation 

(89)1 in- Hg 

4.4 Performance Prediction and Evaluation. Outlined 
in the preceding paragraphs are two elements of a proce- 
dure that may be followed to determine if a selected con- 
denser design geometry is adequate to meet the condenser 
performance requirements. The first consists of an inves- 
tigation of the heat transfer relationships as discussed in 
Section 4.2, and the second procedure involves an analysis 
of the fluid flow and pressure loss relationships as de- 
scribed in Section 4.3. A method of combining these two 
procedures in order to evaluate the performance of a con- 
denser from its design geometry is outlined as follows: 

a. Heat transfer coefficient as related to character- 
istics of fluid flow. In order to determine the heat trans- 
fer coefficient as related to the fluid flow characteristics, 
the procedure delineated in Section 4.3 may be used to 
calculate P pmf the mean total pressure corresponding to 
the average tube representing the tube bundle design 
conditions based on P fl the mean condenser total pressure. 
The temperature corresponding to P pm is the condensing 
temperature used in determining the heat transfer neces- 
sary in the tube bundle to meet the condenser perform- 
ance requirements. 

Using the temperature corresponding to P pm to deter- 
mine $ mt the heat transfer coefficient can be calculated 
using equation (11) of Section 3, modified as follows: 


£/ 

ptn 


Wh 

ejs 


(41) 


In this instance, U pm is the heat transfer for the tube 
bundle related to pressure loss considerations, i.e., the 
mean bundle pressure, P pm . All other terms are as gener- 
ally defined for equation (11). 

The value of U pm as computed from equation (41) may 
not include a cleanliness factor, except as the value of 5, 
the condensing surface, reflects any cleanliness factor 
used in the determination of condenser size. 


b. Hf ai transfer coefficient as computed by rational 
equations. The procedure for computing the heat trans- 
fer coefficient by rational means is delineated in Section 
4.2. First the conductances for condensing and convection 
heat transfer are determined and converted to resist- 
ances. To these resistances, add the resistances due to 
conduction heat transfer, namely, those due to tube wall 
resistance, inside clean-tube resistance, and outside clean- 
tube resistance. If a cleanliness factor was included with 
equation (41), the resistance due to fouling, as calculated 
from this cleanliness factor, must be included here. 

These resistances are then converted to the rational 
heat transfer coefficient representing the tube bundle 
performance, using equation (27). Note that in calculat- 
ing U T the physical properties of the two fluids, condens- 
ing steam and heating water, must be evaluated at their 
correct temperatures; see equations (21) and (26). 

The mean temperature of the condensate film may be 
calculated by first determining the hourly heat or duty 
per square foot of condensing surface (Btu transferred 
per hour-square foot). The mean temperature of the con- 
densate film is equal to the product of the unit hourly heat 
and the sum of the following resistances from equation 
(27): 


{w, +r ~ +T - +rr ) 

added to the mean bulk temperature of the cooling water. 
Using this temperature to calculate A* from equation (21), 
calculate U r from equation (27), 
c. Performance evaluation. By comparing the val- 
ues of U pmt the heat transfer coefficient related to pres- 
sure loss, and the rational heat transfer coefficient, 
the adequacy of the condenser design can be determined. 
To meet specified performance requirements, the follow- 
ing relationship must exist 

Ur > u m (42) 

The greater the difference, the greater will be the de- 
sign margin or excess performance characteristics of the 
condenser, U pm represents the heat transfer needed to 
meet performance requirements; U r represents the heat 
transfer attainable. Should the relationship shown in 
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equation (42) be the reverse, the condenser will not meet 
its performance requirements, and other condenser con- 
figurations should be investigated. V ^ can be signifi- 
cantly changed by modifications in the condenser design 
geometry; U r is only slightly affected by the condenser 
design geometry. If a correction cannot be accomplished 
by changing the tube bundle design, the condenser shell 
would normally be the controlling factor; in such an in- 
stance, it should be made larger. 

In some respects it is more convenient and more under- 
standable to use resistances rather than conductances for 
making the comparison of performance. In this case 

R r < Rjrm (43) 

where 

R r = — = overall resistance from rational equations, 
hr-ft 2 -deg F/Btu 

r r — — L_ = overall resistance from fluid flow char- 
pm U pm acteristics, hr-ft 3 -deg F/Btu 

If fouling resistance is introduced (it must be considered 
to be the same for both the resistance calculated by ra- 
tional means and by fluid flow characteristics) equation 
(43) becomes 

R r + r f < R^ + r f (44) 

and may also be written as 

Rdm = {Rpm + r ) - (Rf + r) (45) 

where R dm is the design margin as a resistance, hr-ft 2 -deg 
F/Btu, and must be positive if the eondenser is to meet 
its required performance. 

The performance factor, PF } may be expressed either 
in terms of total resistance or in terms of overall heat 
transfer. The PF \ s more meaningful if the fouling resist- 
ance expected in service is excluded. It is expressed as 


pm 

The PF should be greater than unity, and it is considered 


good practice to design for a performance factor of not 
less than 1.05. 

The predicted operating pressure for the condenser 
based on its design geometry and on rational heat transfer 
can be determined using the previously calculated mean 
tube bundle pressure, P mt as the base. Using equation (40), ■ 
calculate a new value for P£&P dm and A P pm as previously 
determined are assumed to remain constant). Using equa- 
tion (29), determine P s , the static pressure the condenser 
will produce in the pressure-measurement zone as defined 
in the HEI Standards. As a check, P s will be less than the 
HEI specified condenser pressure, provided U r > U pm as 
required by equation (42). 

The methods and procedures outlined represent a rea- 
sonably accurate method for ev aluating condenser design 
geometry and performance. Accuracy can be improved by 
a more rigorous treatment of the fluid flow characteris- 
tics. The degree of accuracy improvement necessary de- 
pends on the circumstances of a particular case, 

While the descriptions presented have been related to 
the normal geometry of the larger main condensers hav- 
ing two separate and distinct tube bundles, the method is 
applicable also to single-bundle condensers such as those 
generally used for auxiliary condensers. The principles 
can also be adapted to condensers having more than two 
separate tube bundles or to any shell-and-tube apparatus 
that condenses a vapor on the shell side. 

References 

1 J. E. Fowler and R. E. Brandon, “Steam Flow Distri- 
bution at the Exhaust of Large Steam Turbines/' ASME 
paper 59-SA-62. 

2 X F. SebaJd and W, D. Nobles, “Control of Tube 
Vibration in Steam Condensers/ 1 Proceedings of the 
American Power Conference, Illinois Institute of Tech- 
nology, Chicago, Illinois, 1962. 

3 A. P. Colburn, “Problems in Design and Research 
on Condensers of Vapours and Vapour Mixtures/' The 
Institution of Mechanical Engineers, 1951. 

4 “Standards for Steam Surface Condensers/' Heat 
Exchange Institute, New T York. 

5 W, H. McAdams, Heat Transmission, McGrawXIill 
Book Co., New York, 1954. 


CHAPTER XVI 


R. A. Muncuso Heat Exchangers 

Section 1 
Introduction 


M General. Heat exchangers are used to transfer 
heat from a hotter fluid (liquid or gas) to a coider fluid 
(liquid or gas). This broad definition encompasses a wide 
array of equipment, including boilers, condensers, distill- 
ing plants, and ventilation cooling coils, which are given 
detailed coverage in other chapters. Consequently, this 
chapter is focused upon the many other types of shell- 
and-tube, plate, and compact heat exchangers that are 


used aboard ships and includes an assessment of thermal 
design, mechanical design, and design-for-manufacture 
considerations. 

1 .2 Heat Exchanger Design Requirement*. Marine heat 
exchangers are designed in accordance with the standards 
of the Tubular Exchanger Manufacturers Association [1] 
and the American Society of Mechanical Engineers [2] in 
addition to compliance with marine regulatory body code 


Table 1 Typical characteristics of marine heat exchangers 






Tank Cleaning System 

Gland 


Lubricating 

Low-Pressure 

High-Pressure 



Leak-Off 




Item 

Oil Cooler 

Feed Heater 

Feed Heater 

Heater 

Drain Cooler 

Condenser 

Tube Side 

Fluid 

Seawater 

Feedwater 

Feedwater 

Seawater 

Seawater 

Feedwater 

Velocity, fps 

6-7 

4-7 

4-7 

6*7 

6-7 

3^4 

No. of passes 

1 

2-8 

2-8 

1-4 

1-4 

2 

Tube Size 

5/8' OD X 0.049' 

5/S' OD X 0.049' 

5/8' OD X 0.049' 

3/4- OD x 0.049' 

3/4' OD X 0,049' 

6/8' OD X 0.049 1 


low fm—19 fins 
per inch 






Tube Material 

90/10 CuNi 

90/10 CuNi 

70/30 CuNi 

90/10 CuNi 

90/10 CuNi 

90/10 CuNi 

Head Material 

Bronze 

Steel 

Steel 

Steel 

Steel 

Steel 

Tubesheet 

90/10 CuNi 

Steel 

Forged Steel 

Bronze — 

Bronze — 

Steel 




Composition G 

Composition G 


Shell Side 

Fluid 

Oil 

Steam 

Steam 

Steam 

Heater drains 

Gland steam 

Velocity, fps 
Number of 

2-8 

Condensing 

Condensing 

Condensing 


Condensing 

3 or 6 (baffled) 

10-16 (baffled) 

6 (baffled) 

6 (baffled) 

6 (baffled) 

12 (baffled) 

passes 

Type of baffle 
Flow 

Segmental 

Segmental 

Segmental 

Segmental 

Segmental 

Segmental 

Counterftow 


• * * 

Counterflow, 

Counterflow, 






last pass 

last pass 

Construction 
Tube joint 

Expanded 

Expanded 

Expanded or 
welded 

Expanded 

Expanded 

Expanded 

Thermal 

expansion 

Floating 
tubes neet 

Expansion joint 

U-Tubes 

INTuhes 

U'Tubes 

... 

Gasket 

Full face 

Ring or flexible 

Ring (shell side) 

Solid copper ring 

Full face 

Full face 

Full face 




(tube aide) 




Bolting 

Collar bolts 

Stud bolts 

Stud bolts 

Collar bolts 

Collar bolts 

Stud bolts 

Surface 

Finned 

Bare 

Bare 

Bare 

Bare 

Bare 

Thermal 







Performance 
Heat transfer 

40 

800 

800 

600 

200 


coefficient, 

Btu/hrft*-F 



* 




Surface 

0.3 to 0,4 gpm L,0. 

3CKM5G lb feed per 

300-450 lb feed per 

2.7 gpm seawater 

ISO lb drains per 

6-10 lb steam 

requirement 

per it 3 

hr per ft 2 

hr per ft? 

per ft* 

hr/ft E 

per hr/ft* 

Terminal 
temperature 
difference 
(or LMTD) 
Temperature 

18 D F 

10°F 

I0'F 

199T 

100*F 

3CF 

20°F drop in L.O. 

ltKFF rise In feed 

I0Q*F rise in feed 

1 10T rise in 

200* F drop in drains 

Cools non- 

change 



seawater 

condensable 
gases to about 
140 F 
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requirements such as Lloyd's Register of Shipping [3], 
the American Bureau of Shipping [4], and the U.S. Coast 
Guard [5]. Many additional requirements have been incor- 
porated in specifications for marine heat exchangers due 
to stringent space limitations and reliability requirements. 
The following points are emphasized in the design of ma- 
rine heat exchangers: 

* Heads are designed so that it will not be necessary 
to disassemble piping to gain access to the inside of the 
heads and tubes. 

■ The tube bundle is usually of the removable type for 
easy cleaning and maintenance. 

* In the design of cooling-water spaces and connec- 
tions, a smooth flow path must be provided to minimize 
erosion-corrosion attack. Sharp corners and projecting 
edges are avoided. 

• Interna] fittings are arranged to result in a minimum 
of interference with the water flow and a minimum of 
turbulence, 

• Cooling-water velocities at the design point must not 
exceed those specified or recommended by the material 
supplier. 


* Heat exchangers having tubes with a length ex- 
ceeding 4 ft are designed so that the ordering length of 
tubes will be in multiples of 6 in. The ordering length of 
tubes is determined by adding 3j in. to the face-to-face 
distance between the outside faces of the tubesheets. 

* minimum tubesheet thickness is usually speci- 
fied to be not less than % in, 

* When external fins (low fins) are applied to tubes, 
one end of the tube is usually enlarged to the outside 
diameter of the fins to enable the removal and insertion 
of individual tubes. 

* Holes in the tubesheet at the inlet end of the tubes 
are flared to allow for belling the ends of the tubes. Holes 
in the tubesheets are provided with at least one groove. 
The edges of the holes are rounded, usually on a Y lfr m. 
radius, on the inner face of each tubesheet and on the 
outer faces of the tubesheets at the discharge ends of the 
tubes. 

* The inlet ends of the tubes are expanded and belled, 
and the ends are finished flush with the face of the tube- 
sheet. In no case should the ends of tubes be inside the 


Contaminated 

Steam Lubricating 

Gen eratg a Oil Heater 


Table 1 Continued 


FuelOil 

Heater 


Electronics 

Equipment 

COOLER 


Boiler Water Instantaneous 
Sample Water 

Coolers Heaters 


Lubricating Oil 
Plate Heat 
Exchanger 


Water Cooler 
Plate Heat 
Exchanger 


Steam 

Condensing 

r OD 
X 0 065* 

90/10 CuNi 
Steel or 
90/10 CuNi 
Bronze — 
Composition G 
or steei 


Steam 

Condensing 

7/6" OD 
X 0.065' 
(bayonet tube) 
Steel 

Cast Steel 
Steel 


Steam 

Condensing 

7/8' OD 
X 0 065' 
(bayonet tube) 
Steel 

Cast Steel 
Steel 


Chilled water 
or seawater 
3-6 
1 

5/8' OD 
X 0.049 
BWG 

90/10 CuNi 
Bronze 


Boiler makeup 
water 
IS 

1 

1/4 * 0D 
X 0,035' 

&Q/1Q CuNi 


Water 


4-7 

2 

5/8* OD 
X 0.049* 
BWG 

90/10 CuNi 
90/10 CuNi 


90/10 CuNi or 
Bronze 

Composition G 


90/10 CuNi 


Seawater 

1-4 

Multiple 


Titanium 

Steel 


Water 

1-4 

Multiple 


Stainless steel 
Steel 


Fresh water 

Open shell 

Lubricating Oil 

2-3 

1 (baffled) 

Fuel Oil 

1-3 

I (baffled) 

Fresh Water 

3-5 

1 (baffled) 

None 

Boiling 

Segmental 

Counterflow 

Segmental 

Counterflow 

Segmental 

Counterflow' 

Expanded 

Expanded 

Expanded 

Expanded 



(outer) 

Floating head 
or U-Tube 

Bayonet 

Ferrules (inner) 
Bayonet 


Full face 

Ring 

Bing 

Ring 

Stud bolts 

Bare 

Stud bolts 

Finned 

Stud bolts 

Finned 

Stud bolts 
Bare 

... 

Purifier Warm-Uf 
10-20 60 

45 

400 

&0-50 lb steam 
per hr/sq ft 

6-8 gph 75 gph 
per ft 3 per ft* 

7 -» 

159 £ph per 

SOT 

250T 25 0T 

100-F 

20*F 

Boiling at 

100 psi abs 

12TF 50*F 

10<M5(rF 

5*F drop in 
fresh water 


Seawater 

1-8 

None 

Steam 

Condensing 

1 (baffled) 

Lubricating oil 

1-4 

Multiple 

Water 

1-4 

Multiple 

None 

Counterflow 

Segmental 

Counterflow' 

Counterflow 

Welded or 
brazed 

Expanded 

... 



U-Tubes 

, * . 


Full Face 

Ring 

Ring 

Ring 

Stud bolts 

Bare 

Stud bolts 

Bare 

Tie bolts 

Bare 

Tie bolts 

Bare 

500 

500 

300-750 

750^1250 

9,25 gpm 
boner water 
per ft 1 

400T 

150^ph per 

200T 

L8 gpm per ft E 

ZF 

2,6 gpm per ft 2 

ZF 

4O0*F drop in 
sample temp. 

StTF rise in 
water temp. 

20T drop in L.Q 

3-25'F 
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face of the tubesheets. Discharge ends of tubes can pro- 
trude up to V l6 in. beyond the face of the tubesheet. 

■ A number of the baffles are increased in thickness 
(usually V 4 in.) to act as tube support plates and are located 
so that the maximum tube length between support plates, 
or between a tubesheet and a support plate, does not 
exceed 36 in. Holes for tubes in baffles and support plates, 
baffle clearances, and tie rod standards are usually re- 
quired to be in accordance with the standards of the Tubu- 
lar Exchanger Manufacturers Association [1]. 

* In order to diffuse the entering stream and reduce 
erosion of tube ends, for single-pass coolers the waterbox 
depth measured normal to the tubesheet should be not 
less than one-half the equivalent diameter of the tube- 
sheet area exposed to the flow of the cooling water into 
the tubes. For cylindrical two-pass coolers, the waterbox 
head depth should be not less than 35% of the inside shell 
diameter. 

• All heat exchangers must be provided with adequate 
foundation supports. When required by the conditions of 
service, provision is made in the design of the supports to 
provide for expansion or contraction of the shell. Heat 
exchanger supports are usually independent of any 
attached piping. Supports must be given special consider- 
ation when designing naval combatants for high-impact 
shock conditions [6], 

* In the design of marine heat exchangers, consider- 
ation must be given to the varying degrees of inclination 
encountered in service. In naval practice, heaters and cool- 
ers are designed to perform satisfactorily under condi- 
tions of 5-deg trim, 10-deg pitch, 15-deg list, and 45-deg 
roll (in commercial practice a 30-deg roll is the design 
criterion). The conditions for permanent list and roll or 
for trim and pitch are generally not considered additive. 

• Adequate air vents must be provided on heat ex- 
changer waterboxes to avoid the collection of air in the 
upper region of the waterbox, as air pockets can restrict 
the tube-side flow and render a portion of the heat trans- 
fer surface ineffective. Such air pockets can also result in 
overheating and expansion of the dry tubes and cause 
failures of the tube joints at the tubesheets. 


• In feedwater heaters and condensers, wet steam at 
a high velocity must not be permitted to impinge on the 
tubes, otherwise the surface of the tubes will be rapidly 
eroded. Baffles or distribution pipes must be incorporated 
as necessary to prevent the direct impingement of wet 
steam on the tubes. 

« Impingement protection from the entering shell-side 
fluids is often advisable. This may include adding an im- 
pingement baffle or impingement rods opposite the shell 
inlet nozzle. 

1.3 Design Data Requirements. In order to specifi- 
cally direct attention to the items that govern the thermal 
and mechanical design of a heat exchanger and which 
must be furnished to the design engineer (or assumed by 
the design engineer), the following should be included in 
a specification for a marine heat exchanger: 

* Substances to be heated and cooled. 

* Quantity of substances to be heated and cooled 
within a^given period of time. 

■ Initial temperatures of the substances heated and 
cooled. 

■ Final temperatures desired for the substances 
heated and cooled. 

• When the heating and cooling media are other than 
water or commonly known substances, the following 
should be specified: 

(a) viscosity, 

( b ) specific gravity, 

(c) specific heat, and 

(d) thermal conductivity. 

* Working pressures of the substances heated and 
cooled. 

* Allowable pressure drop through the shell and tube 
sides of the heat exchanger. 

# Desired construction materials. 

■ Design pressures and design temperatures. 

■ Design code. 

■ Fouling factor or service margin. 

■ Specific geometric arrangement and type of piping 
interface connections. 

• Weight limitations or considerations. 

• Test conditions. 

A summary of the typical characteristics of a variety of 
marine heat exchangers is given by Table 1. 


Section 2 

Shell-and-Tube Heat Exchanger Arrangements 


2.1 Shell-and-Tube Heat Exchanger Features. In ma- 
rine applications, the shell-and-tube heat exchanger is the 
most widely used type. Shell-and-tube heat exchangers 
are fabricated from round tubes that are nested in, and 
run parallel to, a shell. Heat is transferred between the 
fluids by going through the walls of the tubes. As shown 
by Fig. 1, a shell-and-tube heat exchanger consists of six 
basic elements: the bonnet, tubesheet, shell, tubes, baffles 
or support plates, and the tie rods. The bonnet or channel 
is often referred to in the marine industry as the “head” 


or “waterbox” of the exchanger. Due to stringent space 
limitations imposed on marine heat exchangers and for 
ease of maintenance and cleaning, head inlet and outlet 
piping connections are arranged to permit access to the 
tubes and tubesheets without dismantling the attached 
piping. Only the smaller heat exchangers {under 100 lb) 
would have axial connections as depicted in Fig. 1. 

Figure 1 Illustrates a “single-pass” fixed-tubesheet ex- 
changer. “Single-pass” is a term which indicates that the 
tube-side fluid flows in one direction only. A “two-pass” 
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baffle or 

BONNET TUBESHEET SUPPORT PLATE TlEROD 



Fig. 1 Typical single-pass conventional exchanger {fixed tubesheet} 


this design, one tubesheet is free to “float” against pack- 
ing rings, which are usually made of neoprene. The pack- 
ing rings are held in place between the head and shell 
flanges by a packing retainer ring. Details of this con- 
struction are described in Section 6.1. 

As illustrated in Fig. 1, the shell of the heat exchanger 
is usually cylindrical with flanges attached to each end. 
The tubesheets are either welded or bolted to the shell 
flange, and the heads are bolted to the tubesheets. 

2.2 Tube-to-Tubesheet Joint* The most critical joint in 
the exchanger, and that most likely to develop a leak, is 
the tube-to-tubesheet joint. The tube-to-tu b e s beet joint is 
made by expanding the tube into serrations or grooves 
that are located in the tubesheet, by welding the tube to 
the face of the tubesheet, or by a combination of both. 



Fig. 2 Typical heat exchanger with floating tubesheet, disassembled 


or “four-pass” exchanger would have the tube-side fluid 
inlet and outlet connections at the same end. The fixed 
tubesheet construction depicted in Fig. 1, which has the 
tubesheets welded to the shell, must often incorporate an 
expansion joint in the shell to compensate for differential 
expansion between the shell and tubes as a result of the 
relative temperatures of the fluids involved. 

In addition to fixed tubesheet designs, heat exchangers 
employing floating tubesheet and “U-tube” designs are 
commonly used. Figure 2 illustrates a floating tubesheet 
construction, which is typically used for such services as 
main lube oil coolers and electronic equipment coolers. In 


When the tube is expanded into a tubesheet with ser- 
rations, the number of serrations can vary from one to as 
many as three, depending upon the intended service. The 
tubes may be expanded into the tubesheet by mechanical 
rollers, hydraulic expansion, or detonation. Regardless of 
the method of expansion used, the objective is to effect a 
joint that has a mechanical strength greater than the tube 
and is leak-tight. Factors that affect the quality of the 
tube-to-tubesheet joint are: 

* Tube hole finish 

* Tube wall thickness reduction 

* Length of expanded joint 
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■ Tubesheet ligament width (i.e., minimum distance 
between tube holes) 

> Relative yield strength between the tube and tube- 
sheet 

• Tube wall thickness 

Mechanical roller expansion is the most commonly used 
method of effecting a mechanical bond between the tube 
and tubesheet; a typical expanded tube is illustrated by 
Fig. 3. The simplest tube expander, which is illustrated 
by Fig. 4, is an assembly of three major parts: the man- 
drel, the cage, and the rollers. The maximum roller iength 
is approximately two inches; therefore, longer joints are 
rolled in steps. Because of friction between the rollers and 
tube and between the rollers and roller cage, the roller 
contact surfaces are lubricated. Roller expanding ex- 
trudes the tube material in the axial direction. Care must 
be exercised during the rolling operation to avoid inducing 
undesired residual compressive or tensile stresses in the 
tubes. When rolling tubes manually, the mandrel is turned 
by a socket wrench or pneumatic driver; but as a step in 
the manufacturing process, rolling is performed automati- 
cally at a high rate of speed. Care must also be taken 
to follow the manufacturer's instructions concerning the 


limits of tube wall thickness reduction and the dial set- 
tings on an electrically or electronically controlled auto- 
matic tube expander when repairing a leaking tube-to- 
tubesheet joint. 

Hydraulic expansion, as implied, uses a fluid (water) 
under a pressure of 30,000 to 50,000 psi to expand the 
tube. There is no practical limit to the length of the tube 
that can be expanded in a single operation. The length of 
the tube to be pressurized and expanded is determined by 
the location of an "O" ring on the inside of the tube, which 
bounds tMe high-pressure water. Hydraulic expansion 
does not extrude material; therefore, concerns relative to 
over-rolled joints are eliminated. However, when the tubes 
are expanded within the tubesheet, the Poisson effect 
causes the tubes to shorten, thereby introducing a tensile 
stress in the tubes when the ends of the tubes are secured. 

When the tubes are mechanically expanded into the 
tubesheet, the recommended tubesheet groove size is V 6 
in. wide by in. deep. However, there are some questions 
concerning the appropriateness of such a groove size 
when the tubes are expanded hydraulically. A wider 
groove may be required to develop the proper pull 
strength because the tube metal does not flow into the 
groove as effectively as it does when the tubes are ex- 
panded by rolling. 

The detonation of an explosive charge within the tube 
has been used to effect a tight tube-to-tubesheet joint 
The procedure involves placing an explosive charge inside 
a polymeric sleeve and locating the assembly appropri- 
ately* with respect to the tube or tubes to be expanded. 
The controlled detonation produces a shock wave that 
travels at or slightly above the sonic velocity of the mate- 
rial. This method of tube expansion has been successfully 
used where a large number of tubes are to be expanded 
or where the tube and tubesheet materials are not compat- 
ible for fusion welding and the reliability of a welded joint 
is required. 

Although the normal practice is to expand the tube 
into the tubesheet by rolling, there are factors, such as 
pressure, temperature, fatigue, and corrosive fluids, 
which, when combined with the consequences of leakage, 
dictate that the tube-to-tubesheet joint be welded. Figure 
5 illustrates some typical tube-to-tubesheet welded joint 
geometries that may be used. 

To eliminate tube-to-tubesheet weld porosity that is in- 
duced by contamination, the tubes and tubesheet must be 
clean when the tubes are welded. This means that the 
surfaces must be free of protective coatings, lubricants, 
rust, mill scale, pits, and scratches. 

The joints illustrated by Fig. 5(a), (6), and (c) are typical 
face side tube-to-tubesheet joints that are welded by using 
either a manual or an automatic process. The weld details 
shown in Fig. 5(a) and (6) are used when the tube wall 
thickness is less than 0.065 in. The weld is classified as a 
single-pass autogenous weld. Figure 5(c) is used when the 
wall thickness is equal to or greater than 0.065 in. The 
weld may be either single-pass or multi-pass with or with- 
out filler metal, depending on the thickness of the tube. 
The tube-to-tubesheet joints in Fig. 5(a), (5), and (c) entail 
stress concentration factors when the joints are evaluated 
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(c) Fi I Lot Wald Id] Back Sid* of Tubesheet Wold 

Fig, 5 Typical tube-to-tuho sheet welded joints (joint preparation on the 
right side and finished wold on the loft side) 


for fatigue. The stress concentration factor for the tube- 
to-tubesheet joint in Fig. 5(d) is one. 

The tube-to-tubesheet welds shown in Fig. 5(a) and ( b ) 
do not develop the strength of the tube itself; therefore, 
in these cases the tubes must be expanded into serrations 
in the tubesheets. However* in addition to improving the 
strength of the joints, expanding the tubes also eliminates 
the crevice between the tube and tubesheet, which is a 
site for corrosion or caustic embrittlement. 

The tube-to-tubesheet weld shown in Fig. 5(c) develops 
the strength of the tube, and in this case expanding the 
tube into the tubesheet is optional. 

Figure 5(d) is a typical back-face tube-to-tubesheet 
weld. It is an expensive joint to manufacture because 
the extensions must be machined on the back-face of the 
tubesheet The weld is generated by an automatic process 
and the tube diameter must be large enough to accept the 
welding gun if performed from within the tube. If the 
joint is welded from the external surface of the tube, then 
the tube pitch must be increased such that the welding 
gun can be rotated around the outside of the tube. There 
is no tube-to-tubesheet crevice with this type of weld joint 

The ability of the welding process to consistently pro- 
duce acceptable welds is affected by the manufactured 
tolerances of the tube, the tube hole tolerance, the posi- 
tioning of the tube in the tubesheet, and the weld joint 
detail. Specifying the proper tolerances and joint design 
is based on experience that is gained by successfully pro- 
ducing lube- to- tube sheet welds. 

The high-velocity flow of seawater in heat exchanger 
tubes tends to remove the thin protective film of corrosion 
products adhering to the base metal of the tube wall. 
This protective film is replaced at the expense of further 
corrosion of the tube wall. As the continued removal and 
replacement of the protective film of corrosion products 
proceeds, the tube wall is gradually thinned and either 
the tube-to-tubesheet joint is weakened and ultimately 



fails or the tube wall just beyond the tubesheet is perfora- 
ted. This type of erosion is generally termed impingement 
erosion, inlet-end attack, air erosion, or bubble attack. The 
occurrence and rapidity of the attack are governed by 
the water velocity (for recommendations see Table I), the 
amount of air entrained, and the design of the waterbox 
as it affects the velocity, direction, and turbulence of the 
fluid flow approaching the tubes. 

The inlet ends of the tubes are normally ground flush 
with the face of the tubesheets, and no gaps should be 
left between the edge of the tubes and the radius of the 
holes on the inlet sections as gaps there tend to promote 
impingement erosion. The outlet end of tubes may extend 
in. beyond the face of the tubesheet. 

Where a considerable temperature differential exists 
within a heat exchanger, a packed-tube design may be 
employed. Packed tubes, such as shown by Fig, 6 and Fig. 
10(c), allow considerable differential tube expansion since 
each tube is free to move independent of the others. The 
combined low-pressure feed heater/drain cooler/gland- 
exhaust condenser, which is illustrated by Fig. 31, is a 
typical marine heat exchanger that normally employs 
packed tube ends. 

2.3 Shell, Tubesheet, arid Head (Channel) Joints. The 

design of the means for attaching the head (channel), 
tubesheet, and shell is governed primarily by the service 
pressure and temperature. The design depicted by Fig, 
7(a), which employs gaskets that are positively positioned, 
thereby insuring alignment, is the least expensive means 
of attachment. This design could incorporate studded 
tubesheets, as shown, or collar studs to permit the re- 
moval of the head without disturbing the shell-side pres- 
sure joint. In naval applications, the joint shown in Fig. 
7(a) may be used at conditions up to 150 psig and 375 F. 

Figure 1(b) illustrates the joint that is the most widely 
used in shell, tubesheet, and head joint attachments. The 
design normally incorporates studded tubesheets, as 
shown, or collar studs. The usual applications will accom- 
modate liquids and vapors up to 300 psig and 450 F. 

The design indicated in Fig. 7(c) is widely used for high- 
pressure fuel oil and steam service. The gasket grooves 
completely confine and positively align pass partitions, 
and afford excellent protection against gasket blowouts 
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(a) Flat face ring shell flange with full 
face u neon fined gaskets on both shell 
and head side. 



(b} Flat face ring shell flange witn ring 
type unconfined gaskets on both shell 
and head side. 



(d) Welded shell tubesheet joint wj|h 
semi-confined gasket on head side. 




ie] Double packed floating tiibcshpsl 
with retaining ring end packing rings 
on both shell and head side* 


(hi Double floating packed tubesheet 
with- retaining ring and packing rings 
on both the shell end head sides. 



(c) Ring shell flange with tongue and 
groove pint end fully confined fiat 
ring gasket on both the shell and 
head side. 



(fj Outside'packed removable tube 
bundle with semi -confined gasket on 
head side* 

Fig. 7 Shelly tubesheet, and head joint designs 



and failures* The usual applications are suitable for liq- 
uids and vapors to 1000 psig and 750 F with a proper 
gasket material and design, such as spiral-wound gaskets* 

Figure 7(d) depicts a joint that is used primarily when 
no leakage is permitted on the shell side, as in cases where 
the shell-side medium is either hazardous or corrosive* 
The semi-confined gasket provides some protection from 
blowing out and ensures a more positive positioning of 
the gasket* The usual applications permit liquids and va- 
pors up to 600 psig and 500 F with proper gasket mate- 
rials. 

The design indicated in Fig. 7(e) is an excellent means 
of providing for shell or tube thermal expansion* When the 


packing on one side becomes deteriorated and eventually 
develops a leak, the leak is readily detectable through the 
vent and drain holes in the retaining ring, and the packing 
can be replaced* The studded retainer ring permits repack- 
ing the tube side with full pressure maintained on the shell 
side* The usual applications permit liquids and vapors up 
to 300 psig and 300 F (the temperature is limited by the 
packing material)* 

The design indicated in Fig. 7(f) is an alternative means 
of providing for shell or tube thermal expansion* On the 
shell side, liquids and vapors at pressures up to 500 psig 
can be accommodated but the temperature is limited (usu- 
ally to about 300 F) by the type of packing* On the tube 
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(b) Single Segmental (e) Disc St Doughnut 



(d) Triple Segmental (f) Nq Tubes In the Window 

Fig. S Flow baffles 

side, the pressure may reach 600 psig at temperatures of 
500 F with proper gasket materials* 

Figure 7(g) describes a joint that is relatively inexpen- 
sive and is used when it is desirable to eliminate the shell- 
side gasket. This design employs only one gasketed joint 
at each head end for servicing the tubes* There are no 
limits on pressure or temperature except for gasket con- 
siderations. 

The design indicated in Fig. 7(h) is recommended where 
the contamination of one fluid medium by the other cannot 
be tolerated and is an excellent means of providing for 
thermal expansion of either the shell or tubes* The stud- 
ded retainer ring permits repacking the tube side with 
full pressure maintained on the shell side* The double 
tubesheet type of construction is often specified by the 
Navy in cases where the greatest assurance against mix- 
ing of the two fluids is desired* Liquids and vapors to 
300 psig and 300 F (with due consideration to packing 
material) can be accommodated with this design. 

The joint described by Fig. 7(i) is excellent for vacuum 
and very-high-pressure service, and the temperature is 
limited only by the G-ring gasket material* The design 
requires precise machining of the O-ring grooves. The 
double tubesheet design is excellent for use with noncom- 
patible fluids; should a tube joint fail, the leak can be 
detected immediately, avoiding contamination of the flu- 
ids* The usual applications permit liquid and vapor pres- 
sures up to 1000 psig and 400 F. 

2.4 Tube Arrangement Details* In shell-and-tube heat 
exchangers, baffles are generally used to guide flow and 
increase the velocity of the fluid flowing on the shell side 
of the heat exchanger. The most commonly used baffles 
are of the segmental type or its variations, as illustrated 
by Fig* 8* 

Segmental baffles are formed by cutting out thin metal 
plates to an outside diameter slightly less than the inside 
diameter of the shell* A segment is cut out of the baffle 
to form a segmental opening, the size of which may vary 


from approximately 15 to 45% of the shell cross-sectional 
area (with single segmental, double-segmental, and disk- 
and-doughnut baffles) or higher than 45% of the shell area 
(with triple-segmental baffles)* 

The tubes must be supported at intervals along their 
length to minimize tube vibrations excited by the fluid- 
flowing across the tube or by pulsations of the flow rate* 
The maximum permissible unsupported tube length de- 
pends on the tube material, wall thickness, and diameter* 
For nonpulsating flow, the maximum unsupported tube 
length is 60 to 80 times the tube diameter* For pulsating 
flow, the unsupported length is considerably less, and 
welding or brazing is used in lieu of spacers and nuts to 
secure the tube support plates. When designing for high 
shock, the tube support spacing is made small to minimize 
the response of the tubes to shock loadings* 

A baffle design with no tubes in the window (the cut- 
away portion of the baffle), as illustrated by Fig. 8{/}, is 
ideal to use when designing for shock loadings or flow- 
induced vibration, which is discussed in Section 3.7. This 
type of baffle permits the tubes to be supported by every 
baffle* The disadvantage is a slight increase in the shell 
inside diameter for the same number of tubes when com- 
pared with the other baffle types* The baffle cut may vary 
from 5 to 15% of the shell cross-sectional area. 

There is considerable latitude in selecting the tube ar- 
rangement* The four most common tube patterns, as 
viewed from the tubesheet end, are shown in Fig* 9* The 
triangular pitch and rotated-triangular pitch are the most 
compact forms, and the triangular pattern is the one most 
commonly used for marine heat exchangers* 

Square pitch and rotated-square pitch patterns have 
see-through lanes, which facilitate manual or mechanical 
cleaning of the outside of the tubes. The square pitch is 
common in submerged-tube boilers where an unob- 
structed flow passage is important for fluid circulation* 
It is also applied in services where minimum shell-side 
pressure drop is a paramount design criterion* Tube pat- 
terns other than the four illustrated in Fig, 9 could be 
used to satisfy specific design considerations as to pres- 
sure drop or turbulence, but they would be more costly to 
manufacture* 

The tube center-to-center distances are normally 1.25 
times the tube diameter, or greater, and uniform over the 
tube field. 

The tubes in a shell-and-tube heat exchanger may be 
either plain smooth-surface tubes or enhanced tubes* En- 
hanced tubes include tubes with extended surfaces (such 
as low, integral fins as described in Section 3.6), tubes 
with a coated surface, corrugated tubes, or a combination 
thereof* The decision to use plain versus enhanced tubes 
is influenced by such factors as fouling, heat transfer 
coefficients, thermal resistance, and available pressure 
drop* Heat exchangers for marine applications predomi- 
nately are made of plain tubes. Typical bare tube sizes 
are V 4f %, V 2} % St %, %, and 1 in* The tube thickness 
varies from 0*028 in. Birmingham Wire Gauge (BWG) 22 
to 0*083 in. BWG 14* 

Since the shell and tubes operate at different tempera- 
tures, it is necessary to provide means to accommodate 
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(a) Triangular tube pitch 



fb) Rotated Triangular tube pitch 



{c} Square tube pitch 
\ 

p> Fig. 9 Tube pitch pattern* 



Id) Rotated jquare tube pitch 


the difference in their thermal expansions, as high 
stresses could otherwise be developed within the heat 
exchanger. The various types of construction that have 
been used to accommodate thermal expansion are illus- 
trated in Fig. 7(e), (/), and (h) and Fig. 10; each has an 
appropriate area of application. 

The simple U-tube illustrated by Fig. 10(a) is the most 
economical and commonly used means to separate the 
thermal expansion in the tubes from that of the sh ed- 
it is widely used in small condensers and instantaneous 
heaters. 

The bayonet tube, illustrated in Fig. 10(6), is suitable 
for use with a tight, eross-flow baffle spacing. Bayonet 
tubes are often used in viscous oil heaters. 

Packed-tube joints* Figs. 6 and 10(c), permit some axial 
movement of the tube. Packed-tube joints are used in 
rectangular (box type) low-pressure feed heaters and in 
smaller straight-tube condensers. 

In cases w'here a large differential thermal expansion 
can be expected, a floating head arrangement may be 


employed. As can be seen from Fig. 10(d), large thermal 
expansions present no difficulties with this type of design. 

When the tubes are firmly fastened to the tubesheets 
and the tubesheets are fastened to the shell (i.e., fixed 
tubesheet designs), shell expansion joints are used to 
lessen the stresses caused by the difference in thermal 
expansion between the shell and tubes. The shell expan- 
sion joints illustrated in Fig. 11 are adequate only for 
small differential thermal expansions (say 0,06 in, for a 5- 
ft tube). For large thermal expansions, expansion joints 
of the bellows type are normally used. 

To provide for thermal expansion when the shell of a 
heat exchanger operates at an elevated temperature, only 
one “foot” or “leg” of the shell is anchored to the founda- 
tion and the other is designed to permit free axial move- 
ment so that the axial expansion of the shell is not re- 
sisted. Freedom for axial movement may be provided by 
either a sliding foot (slotted holes with ferrules) or a slen- 
der leg (in the case of heavy heat exchangers), which is 
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fa} Shell expansion joint using flanged 
and flued heads 



(b} Split pipe shell expansion joint 
Fig. 1 1 Shell expansion joints 


designed to be laterally flexible and thereby accommodate 
axial movements at low levels of stress. 

2,5 Cathodic Protection. Cathodic protection, which is 
usually in the form of sacrificial zinc anodes, is used in 
seawater-cooled heat exchangers to protect headers, tube- 
sheets, and tubes from galvanic corrosion by electrolytic 
action. When dissimilar metals that are connected to- 
gether are immersed in seawater, which is an excellent 
electrolyte, a simple galvanic cell is formed; and an elec- 
tric current flows from one metal to the other through 
the seawater, which completes the circuit between the two 
dissimilar metals. The metal higher on the activity scale 
(the anode), from which the current flows, will tend to 
suffer rapid corrosion, and the metal (cathode) to lvhich 
the current flows will tend to be protected from galvanic 
corrosion. The direction in which the current flows de- 
pends on the composition of the metals or alloys exposed 
to the electrolyte and also on the hardness of the metal, 
the cleanliness of the metal surfaces, and other factors. 
Thus, if a single metal is immersed in an electrolyte and 
one part of the metal surface is harder than another part, 
or cleaner than another part, there will be a flow of cur- 
rent from one part to the other and galvanic corrosion 
will take place. If several different metals or alloys are 
involved, current will flow in varying proportions between 
the surfaces exposed to the electrolyte. 

If a plate of clean metallic zinc is properly arranged 
within a heat exchanger waterbox, a current will tend to 
flow from the zinc to the adjacent metal surfaces exposed 
to the seawater, which constitutes the electrolyte of the 
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galvanic cell. The zinc sacrificial anode is corroded as the 
current is generated; and the current flowing through the 
seawater to the metal surfaces of the heat exchanger 
tubes, tubesheets, and waterbox tends to protect these 
parts from galvanic corrosion. The electric circuit is com- 
pleted through the metal parts of the heater exchanger. 
The gaskets between the waterbox and manhole covers, 
to which sacrificial anodes are frequently attached, and 
the gaskets between the tubesheets and the water chests 
do not interrupt the flow of current, as the circuit is com- 
pleted through the metallic bolts and collar studs that 
secure the joints. The Navy usually requires that the ex- 
posed surface of zincs (exclusive of edges) be at least one 


square foot for each 1000 ft 2 of heat transfer surface. 
For naval heat exchangers, the amount of zinc anodes 
required is based on equations that are given in reference 
7, 

All zinc protectors should be thoroughly scaled once 
every 4 to 6 weeks to assure that an active metallic zinc 
surface, as opposed to corrosion scale adhering to the 
metal, is exposed to the seawater. Zinc sacrificial anodes 
that afford proper protection are quickly deteriorated. 

In the design of the waterbox and the arrangement of 
sacrificial anodes, care must be exercised that the zincs 
do not interfere with, or add turbulence to, the fluid flow 
within the waterbox. 


Section 3 

Shell-and-Tube Heat Exchanger Thermal dnd Hydrodynamic Design 


3*1 The Overall Heat Transfer Coefficient* The funda- 
mental theory dealing with heat transfer was discussed 
in Chapter 2, and a discussion of heat transfer by conden- 
sation is given in Chapter 15, The application of this theory 
to the transfer of heat through the walls of a tube leads 
to the equation 


where 


Q = 


A q {T- t) 


( 1 ) 


Q — heat transferred 
T = temperature of hot fluid 
t = temperature of cold fluid 
A 0 = tube outside surface area 
r = r io + r di0 + r„ + r dc + r 0 
r io = resistance across fluid film on inside of tube 
r dio — resistance of deposit or scale on tube inside wall 
r w ~ resistance of tube wall metal 
?' do — resistance of deposit or scale on tube outside wall 
r a ~ resistance of fluid film on outside of tube 

These quantities are illustrated by Fig, 12, and the cor- 
responding temperature gradients across a tube are 
shown in Fig, 13, It may be noted that “new clean-tube 
oxide film resistances” have not been included on the 
inside and outside of the tubes as they are not of sufficient 
magnitude to warrant consideration in the design of vis* 
cous fluid or water-to-water heat exchangers. 

The film resistances in equation (1) are further defined 
as 


_ J_ _ 1 

M h i A i /A 0 h io tube-side film 

coefficient 

_ 1 1 

° h 0 shell-side film coefficient 


( 2 ) 

(3) 


A 0 and A { are the tube outside and inside surface areas 



Fig. 12 Heat transfer through a tube 


tube wall scale or dirt 



Fig, 13 Temperature gradients across a tube 
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respectively. The terms and k a are called specific con- 
ductances or heat transfer film coefficients and are gener- 
ally a function of flow velocities and fluid properties. 

The scale resistance or fouling resistance terms, r di0 
and r do} do not lend themselves to analytical assessment. 
Two means have been commonly employed to allow for 
the additional thermal resistance when scale or deposit 
begins to accumulate on the tube wall. The most rigorous 
means is to assign values to the tube inside and outside 
fouling resistances, r dt0 and r d0f as a function of fluid type, 
temperature, velocity, etc,, and compute the required heat 
transfer surface accordingly. In applications with mild 
rates of fouling, however, the fouling resistances are diffi- 
cult to separate and evaluate meaningfully, and further- 
more, they are small. Consequently, the “clean-tube fac- 
tor” (also known as the “cleanliness factor” or “service 
factor”) concept has found general acceptance in conven- 
tional marine heat exchanger applications. The clean-tube 
factor is a number, less than one, by which the clean 
overall heat transfer coefficient, U, is multiplied to allow 
for fouling. 

The resistance of the tube wall metal, r wt is readily 
analyzed and it can be quantified without difficulty as 
follows: 





(cl Single-peas parallel-flow heat exchanger 



where 

d Q — tube outside diameter 

d x = tube inside diameter 

k = tube metal thermal conductivity 

The overall heat transfer coefficient, U } which is de- 
fined as the reciprocal of 2 r, is a convenient means of 
expressing the capability of transferring heat through 
tubes* The overall heat transfer coefficient can be stated 
as 

1 

U (l/AJ 4- r di0 + r K + r d0 + {1 /h 0 ) ® 

3*2 Mean Temperature Difference* In the case of 
shel)-and-tube heat exchangers, the temperature differ- 
ence (T — £) varies from location to location within the 
exchanger and, consequently, so does the rate of heat 
transfer, Q . Therefore, calculations are based on the aver- 
age temperature difference across the tube over the entire 
tube length, which is defined as the log mean temperature 
difference (LMTD) and is expressed mathematically as 

LMTD = [ Af (T - t)dA (6) 

AJ 

By combining equation (6) with equation (1) and noting 
that X r is equal to the reciprocal of U, the heat transfer 
through a tube is determined to be 

Q = UA a ( LMTD) (7) 

Equation (7) is the basic analytical tool employed to estab- 
lish the thermal design of a heat exchanger. The factors 



(d) Single-pass counterflow heat exchanger 
Fig. 14 Axial temperature distribution in a heat exchanger 


to be considered in assessing this equation are briefly 
discussed in the following* 

With known terminal temperature differences between 
the shell and tube streams, the mean temperature differ- 
ence between the shell and tube flows can be derived [8] 
if the following assumptions are made: 

* The overall heat transfer coefficient is constant 
along the entire flow path, 

* The flow rate and specific heat of both the shell and 
tube streams are constant. 

* The heat transfer surface is uniformly distributed 
along the flow paths, 

■ The temperature of either fluid is constant over any 
cross section of its path (he,, there is complete mixing and 
no stratification)* 

* There is no internal leakage or bypassing of fluid 
around the tube bundle, 

* There is no transfer of heat between the heat ex- 
changer and its surroundings. 

Figure 14 illustrates the changes in temperature that 
may occur in either or both fluids in a simple shell-and- 
tube exchanger such as illustrated by Fig, 1, The distances 
between the solid lines are proportional to the tempera- 
ture differences, A T t between the two fluids. 
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Ftg, 15 Flow arrange men ts 


Figure 14(a) illustrates the ease where a vapor is con- 
densed at a constant temperature while the other fluid is 
heated. Figure 14(6) represents the case where a liquid is 
evaporated at constant temperature while heat flows 
from a wanner fluid at a temperature that decreases as 
it passes through the heat exchanger. For both of these 
cases, the direction of the flow (countercurrent or concur- 
rent) of either fluid is immaterial Figure 14(e) represents 
conditions in a parallel-flow exchanger, and Fig, 14 (d) ap- 
plies to counterflow. No change of phase occurs in the 
last two cases. An inspection of Fig. 14(c) shows that the 
final temperature of the colder fluid can never reach the 
exit temperature of the hotter fluid regardless of the 
length of the heat exchanger. For counterflow, on the 
other hand, the final temperature of the cooler fluid can 
exceed the outlet temperature of the hotter fluid, since a 
favorable temperature gradient exists all along the heat 
exchanger. An additional advantage of the counterflow 
arrangement is that, for a given rate of heat transfer, less 
surface area is required than for a parallel-flow ar- 
rangement. 

For a single-pass counterflow heat exchanger such as 
illustrated by Fig. 15(a), the LMTD is 


LMTD = 


(7\ ■ t%) (T 2 ti) 



m 


where 

T l — hot fluid inlet temperature 
T z — hot fluid outlet temperature 
t 2 — cold fluid inlet temperature 
k — cold fluid outlet temperature 


For the special case that 

R - ~~ = 1 (9) 

~ Ej 

then equation (8) reduces to 

LMTD = r, - t* or T 2 - t, (10) 

For such a single-pass parallel-flow heat exchanger as 
illustrated in Fig, 15 (6), the LMTD is 


4 (T, - y - (r s - y 

LMTD = — 1 


log, 


v a y/ 


(ii) 


For one shell pass and multiples of two tube-pass heat 
exchangers as shown in Fig. 15(c), the LMTD becomes 


LMTD = 




( 12 ) 


log, 


where 


x = l(T t ~ Ttf + (t 2 - y 2 ] 1 ' 2 

Y = T x + 7, — (t 2 + t\) 

Single-shell heat exchangers with even numbers of tube 
passes may be arranged in series. With identical heat 
exchangers arranged in series, as shown by Fig. 15(d), 
the LMTD is computed as 


LMTD = 


m 


(13) 


log, 


where 


Z = (2/P - 1 )(Ti - T 2 ) - (t 2 - y 

t% ~ tl 


R = 


P = 


Ti ~ T 


T ~ T 2 


P = 


? n(T - Q - (T - Tnjm - 1 )’ 

-(K) 


if R = 1 


V 1/m 


R 


(T x - 

U - tj 


if R 1 


m — number of identical single-shell heat exchangers 
with an even number of tube passes in series 

In most instances, the design of a shell-and-tube heat 
exchanger involves determining the heat transfer surface 
area and geometry for a known heat transfer duty and 
with known operating temperatures. For this condition, 
equations (5), (7), and (8) are used. Conditions occur where 
the duty and terminal temperatures are required for a 
given geometry. The following equations are applicable 
for a single-pass counterflow heat exchanger as shown in 
Fig. 15(a). 
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TJ — overall heat transfer coefficient, equation (5) 

A 0 — tube outside surface area 
W h — hot fluid flow rate 
W c = cold fluid flow rate 
C ph = hot fluid specific heat 
Cg. — cold fluid specific heat 
^ ~ hot fluid inlet temperature 
k — cold fluid inlet temperature 

W c CJk - = W h CJT x - Jy (14) 

By combining equations (5), (7), (8), and (14): 



E = - 1> (Ifi) 


t 2 = 


TJ 1 - R) + t x R( 1 - E) 
1 - RE 


(17) 


t 2 = h + ^ - TJ/R (18) 

q - w h c ph (Ti - ry 

For an exchanger with a single-pass shell and multiple- 
of-two tube passes, as shown in Fig. 15(c), the following 
equations are applicable: 



B = {RT- + If (20) 


P = e (UAtRfW c C^ ( 21 ) 



T z = Ti- R?i(T l - tj (23) 

k - k + (Tj - TJ/R (24) 

Q - w h c ph (Ti - ry 

3.3 Sensible Heat Transfer Coefficient in a Tube. The 

tube-side film coefficient, h it may be computed from the 
Sieder and Tate equation [9]. This equation was published 
in 1936 and remains in widespread use; it has the following 
form: 

/Z\ QU 

Nu = C(Re?* (Prf s* f— 1 (25) 

where 

Nu = Nusselt number — (kfljfk 
A, — tube-side film coefficient 
di — tube inside diameter 
k — thermal conductivity of fluid on tube side 
C » 0.027 

Re = Reynolds numbers = (diG)/Z 
G — tube-side mass velocity 
Z — tube-side fluid viscosity at bulk temperature 
Z w = tube-side fluid viscosity at tube wall temperature 
Pr = Prandtl number — (CpZ}ik 


Table 2 Approximate range of convective heat transfer 


coefficients 


Conditions 

Coefficient, h 
Btu/hrfr- 
deg F 

Free convection air 

1 to 5 

Forced convection air or superheated 

5 to 50 

steam 


Forced convection oil 

10 to 300 

Forced convection water 

50 to 2000 

Boiling water 

500 to 10,000 

Condensing steam 

1000 to 20,000 


O p = specific heat 
L — tube length 

Equation (25) is valid for the following conditions 
0.5 < Pr < 120 
2300 < Re < 1 X 10 7 


L/d t > 50 


To evaluate the fluid viscosity at the tube wall, the tube 
wall temperature must be calculated. However, the tube 
wall temperature is a function of the heat transfer coeffi- 
cient, and the heat transfer coefficient is a function of the 
tube wall temperature. The evaluation of the tube wall 
temperature and the heat transfer coefficient is a trial- 
and-error process with the consequent calculated value 
compared to the assumed value. The equations for calcu- 
lating the tube wall temperatures are given below; the 
procedure is based upon the average bulk fluid temper- 


&ture: 

T -( T « + T A , 

as 

[ 2 ) A 

A 

X 

T — J oX + ^ o2 l * 

f/T ol + T o2 \ (T a + T a \ 

H 2 | [ 2 ) 

(VK) 

T v ,o~( 2 ) + 

X 

Hi 

(T a + TJ \ (T 0 i + T 0Z \ 

[l 2 ) ( 2 J 


(26) 


(27) 


where 


— temperature of tube wall outside surface 

— temperature of tube wall inside surface 
A f = tube inside surface area 

r 0 | = inlet shell temperature 
T oZ ~ outlet shell temperature 
= inlet tube temperature 
T& — outlet tube temperature 

Table 2 lists the order of magnitude of the average 
convective heat transfer coefficient encountered in the 
thermal design of heat exchangers. 

3.4 Sensible Heat Transfer Coefficient Across a Bank of 
Bare Tubes. The relationship used to assess the shell-side 


604 


MARINE ENGINEERING 


film coefficient is similar in form to that used on the tube 
side and is as follows: 



where 

h 0 ~ shell-side film coefficient 
d 0 = tube outside diameter 

C \m — constants 

The remaining terms are as defined for equation (25), 

There are some variations in the techniques used to 
apply equation (28); the variations primarily deal with the 
quantification of C and m. For calculations regarding the 
flow of a fluid normal to a tube bank (i*e., a cross-flow 
heat exchanger), Colburn recommended in 1933 that equa- 
tion (28) be applied as follows: 

m — 0.6 

Z and Z w are assumed equal 

G = mass velocity of a fluid through minimum flow 
cross-sectional area of tube bank 

C — 0*33 for a staggered tube pattern (triangular or 
rotated-square pitch) 

G — 0.25 for an in-line tube pattern (square pitch) 

When making computations for the flow of a fluid 
through a circular baffled heat exchanger, Donahue rec- 
ommends that equation (28) be applied with the following 
assumptions [10] 

m — 0.6 
G - (GtGf* 

G c — mass velocity normal to the tube bundle 

Gm — mass velocity through cross baffle window; i.e., 
baffle cutout area, Fig. 8(a). 

The geometrical mean value of the mass velocity is used 
in recognition of the fact that the direction of fluid flow 
is not normal to the tubes in the baffle window. 

On the basis of test data with segmental baffled heat 
exchangers, Donahue further recommends that C be 
given the value of 0.22 as an average value. This value 
for C provides a considerable margin (as compared with 
a value of 0*33) to allow for flow leakages as would occur 
between cross baffles and the shell, and should be used 
only as an average value. 

The term “ideal tube bank” came from a report that 
was published as a result of a research program on shell- 
and-tube heat exchangers conducted at the University of 
Delaware [11]* The research program was supported by 
various heat exchanger manufacturers and continued for 
more than 12 years. An “ideal tube bank” came to me&n 
a rectangular tube field with straight-through flow and 
no wall effects or bypassing. The results from these tests 
can be presented in the form of equation (28) if the con- 
stants Cand m are replaced by functions of the tube pitch, 
p, the tube diameter* d or and the Reynolds number, (d 0 G/ 
2 ). In the lower Reynolds number range, the following 
equation is applicable: 



C = 6(1*33 djp)* 

where (29) 

1.45 

71 ~ 1 + 0.14(#e) os >* 

Values for b and m are as follows: 

Reynolds 

No. 0-10 10-100 100-1000 

b 1*4 1*36 0.593 

m 0,333 0.343 0.533 

For Reynolds numbers above 1000, C and m are taken 
as constants having the values of 0.32 and 0.612, respec- 
tively. 

It may be seen that computations for the shell-side film 
coefficient are tedious and time-consuming. A particularly 
troublesome aspect of the calculations is the assessment 
of the effective flow area for segmental baffled flow. 

The mass flow rate, G ct is defined as the average mass 
flow rate between the baffle cuts of a pair of baffles. 
Figure 16 provides a description of the terms that are 
used to describe baffle geometry. The procedure used to 
calculate the mass flow rate is as follows: 

1 v WW, 

e “ Si ( CD , - N4JB, 

where 

W = shell-aide flow rate 
CDi = chord distance at row i 
i = tube row at baffle cut 
Nf — number of tubes in row i 
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B s — baffle spacing 

In a commercial shell-and-tube heat exchanger, fluid in 
the shell bypasses the tube bundle and may not be cooled 
or heated because of the manufacturing clearances be- 
tween the baffle and shell, the tubes and the baffle holes, 
and the bundle and shell, and because of short-circuit flow 
along the pass partition lane. It is essential that these 
non-ideal conditions be accounted for, especially in cases 
where uncertainties in the heat transfer coefficient and 
flow pressure drop predictions must be minimized. Tinker 
[12] and Bell [11] each proposed simplified methods to 
correlate these complex flow phenomena to geometrical 
factors. Their basic approach was to divide the shell flow 
area into three categories, namely: cross-flow area (the 
flow area between tubes in the direction normal bo the 
tube axis); leakage area (the flow area between the tube 
and tube holes in the cross-flow baffles and the area be- 
tween the baffle outside diameter and the shell inside 
diameter); and bypass area (the flow area between the 
tube bundle and shell). Bell proposed an overall approach; 
with known relative values of bypass and leakage area to 
that of cross-flow, he derived empirical correction factors 
to be applied to the ideal tube bank heat transfer coeffi- 
cient and pressure drop values. Tinker assigned flow re- 
sistance constants to each flow area and calculated an 
effective cross-flow rate to be used in the ideal tube bank 
cross-flow heat transfer and pressure drop correlations* 
Tinker's approach is more useful in that refinements and 
generalizations can be incorporated into his method. 

3.5 Single-Phase Flow Pres sore Drop. As noted in the 
previous discussion, the film coefficient (and consequently 
the heat transfer rate) increases with a higher flow veloc- 
ity; but on the other hand, the flow pressure drop due to 
friction increases in proportion to the velocity raised to a 
power that is between one and two. Consequently, a de- 
sign trade-off must be made that entails striking a com- 
promise between a high film coefficient and a high pres- 
sure drop. The design of a heat exchanger becomes a 
matter of balancing the cost of the heat transfer surface 
installed with the cost of the pumping power required to 
service the exchangers* As a result, a major consideration 
in the design of an exchanger is an evaluation of flow 
pressure drops for various operating conditions and ex- 
changer configurations. 

In practice, circumstances often require the system de- 
signer to specify the allowed pressure drop for a heat 
exchanger without an accurate understanding of the im- 
pact of the pressure drop limitation on the design of the 
heat exchanger. The courses of action that are frequently 
taken when it is necessary to specify the pressure drop 
permitted with a heat exchanger are as follows: 

• Allow a uniform 10-psi pressure drop per stream per 
heat exchanger. This rule-of-thumb approach is commonly 
used in some parts of the industry. The 10*psi limit is 
selected because higher pressure drops with consequent 
higher velocities may approach the erosion/corrosion limit 
of the metal; furthermore, the higher heat transfer coeffi- 
cients, which would be associated with higher pressure 


drops, may be excessively sensitive to scaling. The 10-psi 
maximum allowable pressure drop is also high enough to 
keep the thermal designer from “tail-chasing” (i.e., the 
lower the velocity, the lower the heat transfer coefficient; 
the lower the heat transfer coefficient, the larger the heat 
exchanger; the larger the heat exchanger, the larger the 
pressure drop, unless the velocity is reduced; etc.)* 

* Specify alternative pressure drop limitations* With 
the wide use of computers to perform technical evalua- 
tions of heat exchangers, an array of alternative designs 
can feasibly be analyzed such that the optimum design 
can be determined and selected. 

* Develop preliminary designs for several alternative 
heat exchangers and evaluate the size of the exchanger 
as a function of the pressure drop before establishing the 
design criteria. 

Tube-side pressure drop. The tube-side pressure drop 
includes the pressure loss from the inlet nozzle to the 
outlet nozzle on the tube side of the unit. It encompasses 
the pressure loss in the nozzles, pressure losses due to 
flow acceleration, deceleration, and changes in direction, 
and the frictional pressure loss due to fluid flowing in the 
tubes. The total tube-side pressure drop, A P t , is calculated 
using 


—(so©" —a - 


where 


/ — friction factor 
L — tube length 
p — fluid density 
G = mass velocity 

K z — pressure loss coefficient due to flow area expan- 
sion and contraction and flow redirection 
g c — acceleration of gravity 


Shell-side pressure drop. The shell-side pressure 
drop includes the pressure loss from the shell inlet nozzle 
to the shell outlet nozzle* It encompasses the losses in 
the nozzles, bundle entrance and exit losses due to flow 
acceleration, deceleration, and changes in direction, and 
pressure losses in the tube bundle. The pressure loss in 
the tube bundle includes the pressure loss in the baffle 
window and the pressure loss due to fluid flowing normal 
to the tubes* The total shell-side pressure drop, &P 9f is 
calculated using; 

. „ 4/GTO/V, + 1) (MX* 

“■' We U) 


where 


+ 


K„GjN h 

2 9cP 



(32) 


G c — mass velocity normal to tube bundle 
G k , — mass velocity through cross-baffle window 
K w — pressure loss coefficient due to baffle window 
acting as an orifice 

K x — pressure loss coefficients due to flow area expan- 
sion and contraction and flow redirection 
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P = 


/ = 


tube iength/baffle spacing — 1 
number of rows in cross flow, which is taken to 
be the number of tube rows between the 
centroids of adjacent baffle windows. This can 
be determined from a layout of the tube bundle 
tube pitch 
15 

— for laminar flow [10] 

(tt)(¥) 


/ = 


0.7S 

f p - <q GA 

,d,jz 


for turbulent flow [10] 


The methods used to assess the heat transfer and pres- 
sure drop within heat exchangers are basically those of 
Tinker [12], Devore [13], and Donahue [10]. Details of the 
derivations and assumptions of the methods have not been 
included as they are detailed in the original references. 
The process of going through the procedure outlined will, 
however, convey an appreciation of the considerations in- 
volved in the thermal and hydrodynamic design of a shell- 
and-tube heat exchanger. 

3.6 Design ef Fin-Tube Heat Exchangers. Another 
form of the basic heat transfer relationship given as equa- 
tion (1) can be written as 


rapidly initially, but the rate of increase subsequently 
drops to a very small value. The tests also indicated that 
the fouling characteristics of finned tubes are similar to 
those of plain tubes, and both types of tubes have compa- 
rable percentages of reduction in performance. At the end 
of the four- week test period, the fouling resistances for 
both fin-tube and plain-tube bundles were below the value 
of 0.005. During the tests, both the finned and plain tubes 
were cleaned by a kerosene- water-detergent emulsion and 
the heat transfer rate was restored to that initially 
achieved. * 

The thermal and hydrodynamic design procedures de- 
veloped in Sections 3.1 through 3.5 are applicable to the 
design of fin-tube exchangers when allowances are made 
for the effect of the fins on the heat transfer and pressure 
drop calculations. The definition of the overall heat trans- 
fer coefficient for fin-tubes is the same as for bare tubes 
except that an efficiency factor is added to the equation 
when fins' are present on the outside or inside surface of 
the tube. In the general case of tubes with internal and 
external fins, the equation for the overall heat transfer 
coefficient has the following form: 


1 (A 

[A 1 (A 

A 
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rj + rdi °\A 

~J K 


El, 


where 


Q = 


T - t 


1 + R do + R w + R a + 1 


Mi 


Mo 


(33) 


where R do and R 0 are the scale resistances on the inside 
and outside of the tubes, respectively, R w is the resistance 
of the tube, and the remaining symbols are as previously 
defined. If the shell-side film coefficient, k 0J is small (as 
is the case with gases and oils that have low thermal 
conductivities) in comparison with the tube-side film coef- 
ficient, h it the shell-side resistance, will control 

or “bottleneck" the heat flow. A means of counteracting 
this circumstance is to increase the tube outside surface 
area, A C} to the extent that h 0 A Q = h/ i i} in which case the 
heat flow would no longer be controlled by the shell-side 
heat resistance. The heat transfer surface on the outside 
of the tubes can be effectively increased by providing 
extended surfaces, such as external fins, on the tubes. 

A type of finned tube frequently used in shell-and-tube 
heat exchangers is the so-called “low-fin" tube, which has 
a ratio of finned surface to tube outside surface generally 
in the range of 3 to 4. In applications where the tube 
outside film coefficient is as small as 50% of the tube 
inside film coefficient, the choice of low-fin tubes can pro- 
vide a more economical, compact, and lightweight unit 
when compared with a similar design containing bare 
tubes. In cases where the tube-side film coefficient is low, 
the use of tubes with internal fins may be appropriate. 

Fouling of finned tubes is a concern. In this regard, 
tests were conducted with 160 F, No. 5 fuel oil flowing 
through the shell side of a heat exchanger [14]. The test 
results show that the resistance to heat transfer increases 


E iQ — total efficiency for outer surface 

= [A q ~A / o (1 -E f0 )]/A o 
E ti — total efficiency for inner surface 

= [Ai - Ajf (1 - Ej&VAi 
A a = total outside heat transfer surface area 
A fo = heat transfer surface of the external fin 
Efo = fin efficiency of the external fin 
,4, = total inside heat transfer surface area 
A^ — heat transfer surface of internal fins 
Eji = fin efficiency of internal fin 

Other terms are as previously defined. For fin-tubes with 
fins only on the outside, the total efficiency for the inner 
surface, E w is unity. 

There is an alternative method for calculating the effect 
of fins that uses a fin resistance in place of a fin efficiency. 
Using this method the equation reduces to the following 
form for fine on the outside tube surface: 


1 1 

7T + r dio + *V+ r f + r d0 + — 

*io 

The terms in this equation are as previously defined ex- 
cept for the fin resistance, tp which is defined by Fig. 17. 
The fin efficiency, upon which the resistances shown in 
Fig. 17 are based, was taken from reference 15. 

The procedures used to calculate the heat transfer coef- 
ficient in the bundle and the pressure drop in the bundle 
for fin-tube arrangements are the same as described in 
Sections 3.4 and 3.5, except that the shell-side friction 
factor calculated in Section 3.5 is corrected for the low- 
fin profile by using the correction factor, C fi in Table 3. 
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h' 0 D 7“ 

Ko + 


Fig. 17 Fin resistoiKe of low-fin lube* 


Table 3 Correction to shell-side friction factor for low-fin 
tubes 


Tube Ex tern a I -Surface, A Q Friction Correction 

Externa] Bare Tube Area, A Factor, C f 


1 

1.00 

2 

1*04 

3 

1.15 

4 

1.31 

5 

1.50 

6 

1*70 


3.7 Flow-Induced Vibration. In recent years there has 
been a trend to increase the shell-side flow velocities as a 
means of increasing the shell-side heat transfer coeffi- 
cient and also reducing fouling. As the velocities have 
increased, the importance of designing for flow-induced 
vibration has likewise increased. 

In a shell-and-tube heat exchanger, the tubes are sus- 
ceptible to vibration because of fluid flowing around the 
tubes. In most cases the amplitude of tube vibration is so 
low that tube vibration is of no consequence. However, 
tube vibration can be a major problem. When the ampli- 
tude of vibration is large, mechanical failures of the fol- 
lowing types can be expected: tube collision damage, baf- 
fle damage, fatigue damage, and tube-to-tubesheet joint 
damage. 

Collision damage is caused by the tubes repeatedly con- 
tacting the adjacent tubes or the shell wall; this usually 
occurs near the tube midspan between baffles where the 
vibration amplitudes are largest At the point of collision, 
the tube is eventually flattened to an oval shape, and in 
time the tube wall wears thin and fails. 


In baffle damage, the tube chafes against the baffle 
and causes the baffle to abrade the tube until eventually 
leakage occurs. 

Fatigue damage is the result of a tube mechanically 
failing because the alternating stress due to the amplitude 
of vibration exceeds the fatigue limit of the tube material. 

In the case of a tube-to-tubesheet joint failure, the tube 
either fails at the back face of the tubesheet due to the 
tubesheet chafing and abrading the tube, or it fails at the 
joint as a result of relative movement between the tube 
and tubesheet such that leakage develops. 

The flow of a fluid over the tube of a shell-and-tube heat 
exchanger is the major source of flow-induced vibration. 
Several mechanisms can be involved with flow-induced 
vibration: vortex shedding, turbulent buffeting (random 
excitation due to flow turbulence), and fluidelastie 
whirling. 

The design characteristics of a heat exchanger that are 
conducive to vibration are long unsupported tube spans 
and high local flow velocities. Care must be exercised 
when positioning the tie rods, seal strips, and impinge- 
ment plates in the bundle; these items can present flow 
obstructions that cause high local velocities and flow per- 
turbations. which can initiate tube vibration. Objection- 
able flow-induced vibration has been experienced in the 
bend region of a U-tube, at the nozzle entrance and exit 
areas, and at the tube midspan between baffles. 

To evaluate the potential of flow-induced vibration in a 
tube bundle, the shell-side fluid velocity must be calcu- 
lated. The flow patterns present in the shell-side fluid 
introduce many uncertainties into the calculation of local 
fluid velocities. The velocity varies from row to row as 
well as from baffle to baffle because of factors such as 
baffle clearances and fluid bypassing; consequently, the 
velocity used to evaluate flow-induced vibration is taken 
to be an effective velocity across the tube row of interest. 

Objectionable flow-induced vibration can be avoided in 
a shell-and-tube heat exchanger provided that technical 
evaluations are made and appropriate preventive design 
modifications are initiated during the early design stages. 
The factors affecting flow-induced vibration are the tube 
diameter, tube material tube thickness, fluid velocity, un- 
supported tube length, tube pitch, baffle thickness, tube 
hole size in the baffle, and the tube axial loading. The 
most effective precautions that can be taken to avoid flow- 
induced vibration are to either decrease the fluid velocity 
or increase the tube natural frequency. The fluid velocity 
can be decreased by increasing the tube pitch or by remov- 
ing tubes in regions of high local velocity . The tube natu- 
ral frequency can be increased by decreasing the unsup- 
ported tube length; this could be accomplished by 
changing the type of baffle from single segmental to dou- 
ble or triple segmental, but the preferred method is to use 
the “no tube in the window" baffle design [see Fig. 8(/)]. 
This guarantees that each tube is supported by every 
baffle. To further increase the tube natural frequency, 
tube support plates can be added between the baffles with 
no effect on performance. 

If flow-induced vibration exists at the inlet or outlet 
nozzle, adding a support plate directly under the nozzle. 
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adding an impingement plate or impingement bars under 
the nozzle, or moving the nozzle closer to the tubesheet 
will eliminate the problem. 

Tube natural frequency. The natural frequency of a 
tube can be estimated by 






1/2 


(36) 


where 


K 


9c 

I 

E 

L 

K 


w fi 

w t 



1.569 frequency constant dimensionless for a 
simply supported tube 
gravitational constant 
moment of inertia of the tube 
modulus of elasticity of the tube material 
length of each unsupported span 
effective weight per unit length W n + W t 4- 
MW /0 

weight of fluid in the tube per unit length 
weight of the tube per unit length 
weight of fluid displaced by tube per unit length 
added mass coefficient for tube bundle array 


For a tube-pitch to tube-outside-diameter ratio of 1.25, 
the added-mass coefficient is 2.9 [16]. 

The natural frequency is higher if the tube is subjected 
to an axial tensile force, and it is lowered if the tube is 
under a compressive force. The tube natural frequency, 
when corrected for preload, is 


Jp fn 


1 + 


PLr 


Ehr 2 


172 


(37) 


where f p is the tube natural frequency in a preloaded 
condition and P the tube axial force (positive for tension 
and negative for compression). 

Vortex shedding. Fluid flowing over a tube produces 
a series of vortices in the downstream wake as the flow 
separates from alternate sides of the tube. The alternate 
shedding of vortices produces a vibratory force on the 
tube, and the resulting amplitude of tube vibration can be 
substantial when the vortex shedding frequency matches 
the tube natural frequency. The vortex shedding fre- 
quency is expressed as 

SV 

f' = -r m 

tt o 


where 

f $ — vortex shedding frequency 

S = Strohal number, dimensionless 

d a — tube outside diameter 

V ~ reference velocity across the tube row of interest 

For a triangular pitch pattern with a tube-pitch to tube- 
outside-diameter ratio of 1.25, the Strohal number is 0.22 
[17]. 

Fluidelastic whirling. During fluidelastic whirling, 
the tube vibrates in an orbital motion. This vibration is 
excited by the flow of a fluid over a tube and occurs when 
the lift and drag displacements of the tube are in tune 


with the tube cross-flow velocity. The expression for cal- 
culating the critical cross- flow velocity is 



where 

Vrtt = critical cross-flow velocity 
B = instability threshold constant 
f n — tube natural frequency 
d 0 = tub# outside diameter 

6 — log decrement of damping {for a tube in a still 
fluid) 

W e — effective weight per unit length of tube 
p 5 — density of shell-side fluid 

For a triangular pitch pattern with a tube-pitch to tube- 
outside-diameter ratio of 1.25, the instability threshold 
constant is 3.3 [18]. 

In a heat'exchanger, a vibrating tube dissipates energy 
by friction between the tube and baffle, by internal damp- 
ing due to the hysteresis in the stress-strain curve of the 
tube material, and by the shell-side fluid drag effects. 
Because of the complex nature of the damping mechanism 
and the different combinations of tube materials, baffle 
materials, fluids, and manufacturing procedures, it is rec- 
ommended that the log decrement of damping be deter- 
mined through testing or by calculation using data de- 
rived from heat exchanger performance. 

Acoustic vibration. Acoustic vibration can occur in a 
shell and tube heat exchanger when the shell-side fluid is 
a gas and when the tube pitch is square or rotated square. 
It does not occur when the shell-side fluid is a liquid be- 
cause the velocity of sound in a liquid is so high. The 
acoustic frequency in a heat exchanger depends upon the 
shell diameter and the velocity of sound in the shell-side 
fluid. The frequency of acoustic vibration,/^, can be calcu- 
lated using the following expression: 


483.2 fP*\ m 

w 


(40) 


where 

P a — shell-side operating pressure, psia 
p 0 = local shell-side fluid density, Ib/ft 3 
D — characteristic dimension (usually shell diameter), 
ft 

The acoustic frequency in a heat exchanger is excited 
by either vortex shedding or turbulent buffeting. A loud 
noise can be generated when the frequency of either vor- 
tex shedding or turbulent buffeting is within ± 20% of the 
acoustic frequency. If the acoustic frequency coincides 
with the natural frequency of a tube, experience has 
shown that the tube will vibrate with a large amplitude 
and eventually fail. To eliminate acoustic vibration, a de- 
tuning baffle can be added parallel to the direction of 
flow; this will reduce the characteristic dimension of the 
exchanger and increase the acoustic frequency without 
affecting the heat transfer or pressure drop performance. 

Turbulent buffeting. Turbulent buffeting is associ- 
ated with the response of a tube to random turbulence as 
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the fluid flows over the tube. Turbulent flow over a tube 
has a broad spectrum of frequencies associated with it, 
and the tube is excited by energy from this broad band of 
frequencies. The turbulent buffeting frequency is calcu- 
lated as follows: 


Assume: 

hi — 1200 Btu/hr-ft 2 -deg F 
h 0 = 1200 Btu/hr-ft 2 -deg F 


a “5^W i- ?J + m8 J m 


where 

ftb ~ turbulent frequency, Hz 
V = reference cross-flow velocity, ft/sec 

d Q = tube outside diameter, in, 

Y* = Ptido 

Pi ~ longitudinal pitch, in. 

Yt - PJd Q 

P t = transverse pitch, in. 

3.8 Sample Problem. The calculation procedure, 
which follows, is based on the work of Donahue [10] and 
highlights the considerations involved in the thermal and 
hydrodynamic design of a shelband-tube heat exchanger. 
In this illustration, a shell-and-tube heat exchanger will 
be designed with the following given information: 


^dic ^do 0 

Since the outlet temperature of the fresh water is not 
required to be less than that of the seawater, the heat 
exchanger will be designed to have one shell pass and 
multiple tube passes [see Fig. 15(c)]. 

x = l(Ti - + (t z - t x f] m = 18.2 

Y = (7i + 7i) - (t 3 -b id = 28.3 
LMTD = X/[\og e (F + Xj/(Y — X}] — 11.9 deg F feq. ( 12 )] 

Recognizing that AJA f = d c /d if the clean-tube heat 
transfer coefficient under the assumed conditions can be 
calculated from equation (5) as follows: 




1 


A, 

A i ^ 

A/ii 


+ u, los -7 + 


1 



- 481 Btu/hr-ft : deg F 


Tube-Side Data 

Shell-Side Data 


(Seawater) 

(Freeh water) 

Flow, W c ( lb/hr 

266,359 

115,682 

Temperature in, t x (TJ, 



deg F 

85.0 

1X1,2 

Temperature out, t 2 (T^), 



deg F 

92.5 

94.6 

Duty, Q, Rlu/br 

1, 919,000 

1,919,000 

Density, p, Jb/ft 3 

63.75 

61.85 

Thermal conductivity, k, 



Btu/hr-ft-deg F 

0.548 

0.364 

Specific heat, C pi Btu/lb- 



degF 

0.9604 

0.9985 

Viscosity, Z, Ib/ft-sec 

5.68 X 10“ 4 

4,51 x 10-* 

Pressure drop allowable, 



psi 

10 

20 

Clean-tube factor 

0.9 


Heat Exchanger Construction Details 

Tube pitch, triangular pattern, in. 

0.625 

Tube material 


titanium 

Tube outside diameter, d , 

w in. 

0.5 

Tube inside diameter, d i7 

in. 

0.43 


Tube wall thermal conductivity 
(titanium), k„ Btu/hr-ft-deg F 11.3 


Heat exchanger preliminary geometry. As a first ap- 
proximation, the heat transfer coefficient data listed in 
Table 2 will be used to determine the heat transfer surface 
and characteristic dimensions of the heat exchanger, such 
as tube length and shell diameter. This information will 
be used to perform the thermal and hydraulic calculations. 
The procedure is iterated until an optimum heat ex- 
changer is designed. 


U bMt = 0.9t/’ rton = 438 B tu/hr-ft^eg F 


A. " e/[t'(LMTD}] - 372-ft* £eq . p)] 

The resulting temperature of the inside surface of the 
tube wall under the assumed conditions is: 

7* = (i. + t.J/2 + [AAA,hdIU aa Ji(T, + TJ/2 i*. ra 
- (t, + <y/2] = 95.3 F 

A tube-side velocity, V, of 6 ft/sec is assumed to deter- 
mine the number of tubes, N t , the number of tube passes, 
N , and the required effective tube length, L. Estimates 
of the required flow area, A' fl through the tubes and the 
number of tubes, N\, are; 

A' f = WJp t V = 27.8 in. 2 


„ 4Ajr 

M = — f = 


191,4 tubes 


With the tube outside surface area, tube outside diame- 
ter, and number of tubes for one pass tentatively known, 
the required tube length can be related to the number of 
passes, N p , as follows: 

Number of passes Number of tubes Tube length 
E P N t L, ft 

1 191 14.88 

2 382 7.44 

4 764 8,72 


Based upon an evaluation of these alternatives from 
configuration, manufacturing, cost, and other perspec- 
tives, a tentative decision is made for the tube side of the 
heat exchanger to be a two-pass U-tube arrangement with 
an effective length of 7.00 ft and a total length of 7.26 ft. 

Tube-side calculations. The tube-side convective heat 
transfer coefficient, h. it can now be calculated to confirm 
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that it is approximately equal to, or greater than, the 
value assumed, The flow area, A fi based on the number 
of tubes, N t , and the number of passes, is: 

w „ JV, 

A, = ~ dj TT = 27.74 in. ! 

4 

Z w - 5.29 x 10 < lb/ft-sec for a - 95.3 F 



C = WJA f = 384.1 lb/ft--sec [eq. (25)J 

Pr = C^/fr = 5.64 
Re - d,C/Z - 24,232 

k t = 0.027 ^ {Ref* (Prf 33 - 1493 Btu/hr-ft^F 

The calculated value is larger than the assumed value 
of 1200; therefore, an adequate heat transfer capability is 
provided. 

The tube-side pressure drop can be calculated by using 
equation (31) as follows: 


mass velocity through the cross baffle window, G ^ ap- 
proximately equals the mass velocity normal to the tube 
bundle, G c . When the combination of G w and G c is a maxi- 
mum, the mass velocity, G f and the shell-side film coeffi- 
cient, k oi are maximum values. The shell nozzles are on 
the same side of the exchanger; therefore, there is an even 
number of baffle spaces. Initially, it will be assumed that 
there will be 16 spaces, with each at 5.25 in. 

Based on these initial assumptions, the shell-side con- 
vective heat transfer coefficient, h oi will be calculated to 
confirm tha^it is approximately equal to, or greater than, 
the required value. 

The local mass velocity for each row between the baffle 
cuts will be calculated and then weighted to establish the 
average cross-flow mass velocity, G r The tube bundle is 
symmetrical about the horizontal centerline; therefore, 
calculations will be made for only one half of the baffle. 

Referring to Fig. 16, the baffle cut, y lf is 29% of the 
shell diameter. To determine the row nearest the cut, the 
distance, b t is calculated as: 

y 1 = (15.25) (0.29) = 4.42 in. 



/= 0.0063 = 24,232 

K t = 1.1 for nozzle expansion (5-in. nozzle diamter) 

K e — 0.7 for nozzle contraction (5-in. nozzle diameter) 

K x = 0,3 for contraction at tube end 
= 0.6 for expansion at tube end 
Kz = 0.7 for turn-around loss in bundle 

The tube length, L t for a U-tube heat exchanger in- 
cludes the straight length of the tube plus the length of 
the tube bend at the mean bend radius: 


L = 186.4 in. 

G — 384. 1 lb/ft 2 -sec 



The flow area through the nozzles is 19.63 in. 2 ; there- 
fore, the nozzle mass velocity, G n , is 542.8 Ib/ft 2 -sec. Con- 
sequently, the nozzle expansion and contraction loss is 

A Pa = (K e + Kc)(~J = 129.2 lb/ft* 

The tube end losses and turnaround losses are calcula- 
ted as: 

A P e = (K, + K 2 + - 57.5 lb/ft 2 

AP t = AP a -h AP a + A = 579.3 lb/ft 2 
AP t = 579.3/144 = 4.02 psi < ^ = 10 psi 

Shell-side calculations. From a tube layout for a U- 
tube heat exchanger with a triangular tube pattern 
and 382 tube holes, the inside diameter of the shell is 
found to be 15.25 in. A horizontal baffle cut that is located 
29% of the shell diameter below the top of the shell is 
assumed. A baffle cut of 29% was selected so that the 


b = 7.625 - y x = 3.2 in. 

With a calculated b value of 3.2 in., row 5 is nearest the 
baffle cut, and the actual value of b is 3.165 in. 

The calculations required by equation (30) can be per- 
formed in tabular form as follows: 



Row 

Height, 

CD lf 


4 

Bst 


^ x N t 

Row 

in. 

in. 

K 

in. 

fn. 

Ib/hr. 

{CD, - N^B S 

1 

1.000 

15.12 

23 

0.5 

5,25 

115,632 

5,600 

2 

1.541 

14.94 

22 

0.5 

5.25 

115,682 

4,921 

3 

£.083 

14.67 

21 

0.5 

5.25 

115,682 

4.439 

4 

2.624 

14,32 

22 

0.5 

5.25 

115,682 

5,841 

5 

3.165 

13.87 

A* = 

21 

109 

0.5 

5,25 

135,682 

5,492 

26,293 


G t - 24L2 Ib/ft^sec. 

By referring to Fig. 16, the shell-side mass velocity in 
the baffle window can be calculated as follows: 


a = cos * 1 b/R = 65.5° 

The center of gravity of the baffle window can be calcu- 
lated as: 

y = /?[4sin 3 a/(6a — 3sin2a)“COSa] — 1.84 in. 

The baffle window flow area, A Wf can be calculated as: 



MCDs) 

2 



= 28.42 b. 2 


G„ « W h /A w = 162.8 lb/ft*-sec 

By usingthe technique outlined in Section 3.4, sufficient 
information is known to calculate the shell-side film coeffi- 
cient: 



G = = 198.2 lb/ft-sec 


d 0 G/Z = 18,311 

Pr ^ C^/h « 4.45 
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C = 0.22 (f olio wing Donahue's recommendation) 
m = 0,6 (following Colburn's recommendation) 
h 6 = 1136 Btu/hr-ftMeg F 

This value is sufficiently dose to the assumed value of 
1200 to assure that the tentative design is adequate in 
this respect. 

The pressure drop on the shell side of the heat ex- 
changer must be calculated to confirm that the actual 
pressure drop predicted is less than the allowable value. 
Equation (32) can be used to estimate the sheO-side pres- 
sure drop as follows: 


» 516.2 Btu/hr-ft z -deg F 
Ufa hm ** 0.9 = 464 6 Btu/hr-ft^-deg F 

C/ibuM > £7 rtq = 460.7 Btu/hr-ft 2 -deg F 

The design, therefore, has adequate capacity in this re- 
spect. 

Finally, it must be verified that the assumed tube wall 
temperature is approximately equal to the calculated 
value for the actual design. 


A P.- 

/ = 


imrw + 1) P* 


2&eP 

0,75 


\ ou K K GW t 


%9'P 


imm 


= 0.1336 



(32) 


Using the tube geometry shown by Fig. 16, the baffle 
window centroid, y, and the tube pitch, p, the number of 
rows in cross flow can be calculated as: 


N r = 2 (5 + y! V ) = 16 


» 7(12)/6.25 - 1 = 15 
2 g e p \Z) 


The assumed value of T m — 95,3 F approximately 
equals 94.4 F; therefore, the preliminary design is con- 
firmed to have adequate capacity; however, additional it> 
erations, to optimize the design, may be appropriate be- 
fore committing the design to hardware. 

Exchanger duty calculations. There are many cir- 
cumstances, such as the evaluation of an existing ex- 
changer for a particular service, where the heat transfer 
surface area of the heat exchanger is known, and the duty 
and the fluid terminal temperatures must be determined. 
Using the design characteristics established for the exam- 
ple exchanger, the duty and terminal temperature for 
the clean-tube heat transfer coefficient can be calculated 
using the following procedure: 

V - 616.2 Btu/hr-ftMeg F 


K m = 0.7 


A, = 350 ft s 


= A _ ^ Vt = 69 9 

2gj> 

K m] = K t = LI (nozzle expansion) 


= K e = 0.7 (nozzle contraction) 


The nozzle sizes at the shell inlet/outlet are 4/4 in.; 
therefore, the mass velocity, G \ is 368.2 lb/ ft 2 -sec. 


A P* - 


(K + K^G* 

2$cP 


- 61.3 lb/ ft 2 


A P t - &P sl + A P& -b AP& - 2129.4 lb/ft 2 
A P * 2129.4/144 = 14.8 psi < P^uw^bb = 20 psi 


It must now be verified that the required overall heat 
transfer coefficient, as established by equation (7), is less 
than the overall heat transfer coefficient determined for 
the exchanger designed. The following procedure is used 
for this verification: 


Q = 1,919,000 Btu/hr 


7\ ■ 1X12F 
A * 85 F 
W c * 266,359 Ib/hr 
€ pc = 0.9604 Btu/lb-d eg F 
W h = 115,682 Ib/hr 
C ph = 0.9985 Btu/Ib-deg F 


p_ w - c r,-22i 

R - w h c, h - 2 21 

1 

[eq. m] 

B - [tf 2 + 1? = 2,43 

[eq- (2011 

F - - 5.56 


■- 7Fnr*- 0JS! 

1 + ^ + U-i) 

l*q. {22)} 

T 3 = T t ~ RnlT, - (J = 93.9 F 

[eq (23)] 

(, = {, + ( T ; - TJ/R = 92.8 F 

[eq (24)] 


LMTD = 11,9 deg F 


Q - W k C ph ( 7i - TJ = IMS X 10* Btu/hr 


A u - tt dfltL = 350.0 ft 2 

= Q/[A. (UfTD)] - 460,7 Btu/hr-ftMeg F 
1 


U t u 


■An tig. + •df'rji 1 

M + + ^ e % + r " + K, 


The results confirm that the duty and fluid terminal 
r temperatures of the heat exchanger that was designed 

*- eq ' J will be approximately equal to the values established as 
the design criteria. 

[eq (£>)) Exchanger vibration characteristics. The procedure 
outlined in Section 3.7 can be used to verify that a heat 
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exchanger is not susceptible to flow-induced vibration. 
To illustrate the calculation procedure, the tube natural 
frequency, the tube vortex shedding frequency, and the 
tube fluidelastic whirling in the center span are calculated 
in the following. 

Tube natural frequency— The equation for the tube 
natural frequency is: 


p. , = 63.75 lb/ ft 3 
p„ = 61.85 lb /ft 3 
p„ = 283.9 Ib/fts 
M * 2.9 
d, = 0.43 in. 
d„ = 0.50 in. 


= 1.569 






density uf fluid in tubes 
density of fluid in shell 
density of tube 
added-mass coefficient 


(36) 


W t = 
% e" 

W,= 
E = 
1 = 

L = 


7*?* = 
j ((% - df K- = 

W fi +w, + w fi = 

16.9 X 1G 6 psi 


0.0643 lb/ ft 
0-1008 Ib/ft 
0.2446 

0.4097 Ib/ft or 0.03414 Ib/in. 


0.00139 in/ 

5.25 X 2 = 10-50 in. (maximum unsupported tube length is 
in the baffle window) 


g c = 386.4 in. /sec 2 
f n = 232-1 Hz 


Vortex shedding— The equation for the vortex-shed- 
ding frequency is: 


f ’ d e (38) 

S = 0.22 
d , = 0.5 in. 

V = velocity at row 5 
p„ = 61.85 lb/ft a 
W = 115,682 Ib/hr 
A = flow area at row 5 
= [CD, ~ N,d a ] [B s ] 

= [13.87 - (21) (0.5)3 [5.25] = 17.69 in. 2 
V= W/Ap 0 = 4.23 ft/sec 
/, = 22.3 Hz 
/, < /„ = 232.1 Hz 

The vortex-shedding frequency is of little concern as it 
is substantially less than the tube natural frequency. 

Fluidelastic whirling— The equation used to calculate 
the fluidelastic whirling frequency is: 



B = 3.3 
/; = 232.1 Hz 
d a = 0.5 in. 

W, = 0.03414 Ib/in. 

S = 0.031 dimensionless 
p f = 61,85 lb/ft a 

Khi ~ 131.7 in./sec or 10.98 ft/ sec 
F ac i = 4.23 ft/sec velocity at row 5 
F«t = < = 10.98 ft/sec 

The results of the analysis show that the tube in the 
center span of the heat exchanger will not vibrate due to 
vortex shedding or fluidelastic whirling. 


Section 4 

Shell and -Tube Heat Exchanger Mechanical Design 


4.1 Introduction. After a heat exchanger has been de- 
signed to satisfy the thermal and hydrodynamic require- 
ments, and the tube diameter, number of tubes, tube pitch, 
tube length, shell diameter, and nozzle diameters are 
known, the next step is to determine the required thick- 
nesses of the various heat exchanger elements based upon 
the design pressure and temperature. The design pres- 
sure is the maximum differential pressure between the 
inside and outside of an element that occurs during normal 
operating conditions. It is recommended that a suitable 
margin be provided above the normal operating pressure 
to allow for potential pressure surges. The design temper- 
ature is the maximum metal temperature that occurs dur- 
ing normal operating conditions. The design temperature 
determines the maximum allowable stress in the material. 
The design pressure and temperature for the shell side 
and tube side of a heat exchanger can have different 
values, and in most instances they are different. 

The test pressure specified for a heat exchanger is the 
hydrostatic test pressure that a heat exchanger must 


withstand before being accepted. The purpose of a hydro- 
static test is to prove the strength integrity of the ex- 
changer and to ensure that subsequent pressure cycles 
are within the elastic range. The test pressure is always 
higher than the design pressure, but the percent increase 
above the design pressure may vary, depending upon the 
design code being followed. After the hydrostatic test is 
completed, all welded joints and connections are in- 
spected. 

4.2 Loading Conditions. When designing a heat ex- 
changer, the following loading conditions are typical of 
those that must be given due consideration during the 
early design phase: 

• Pressure— The internal or external design pressure 
at design temperature. 

• Weigh /—The weight includes the weight of the heat 
exchanger and contents under operating or test condi- 
tions. 

. Nozzle loads— The heat exchanger acts as an anchor 
point for the piping deadweight, thermal expansion, and 
shock loads. 
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. Shock — Shock loads are generated as a result of 
an acceleration of the masses associated with the heat 
exchanger. 

> Thermal — Thermal loads are the result of tempera- 
ture gradients and differential thermal expansion within 
the heat exchanger. 

* Supports — Support loads are imposed upon the 
component by lugs, skirts, rings, and supports. 

4.3 Stress Analysis Procedure. Heat exchangers com- 
monly have the form of cylinders, spherical heads, ellipsoi- 
dal heads, flat heads, and combinations of these shapes. 

Pressure stress in cylinders. When the inside diame- 
ter of a cylinder is more than ten times the wall thickness, 
it is considered to be a thin- walled cylinder and offers 
little resistance to bending. The stress in thin-walled cylin- 
ders can be approximated by the following formula: 


S 


PDi 

2t 


(42) 


where 

S = hoop stress 
P — design pressure 
D l = internal diameter 
t — wall thickness 


P — design pressure 

D i — major diameter of ellipsoidal head 
t = thickness of ellipsoidal head 

Good engineering practice dictates that the stress in the 
ellipsoidal head be approximately the same as the stress in 
the cylindrical shell to which it is attached. By examining 
equations (42) and (44), it may be seen that the thicknesses 
of the ellipsoidal head and cylindrical shell must be the 
same for this to occur. Equation (44) is applicable for 
calculating the pressure stress in an ellipsoidal head only 
when the major diameter of the ellipse is twice the minor 
diameter. 

The stress in a flat circular head that is subject to a 
pressure on one side depends upon the edge restraint 
condition. If the edge of the flat head is simply supported, 
the pressure stress can be expressed by 


S = 


0.75 PIP 


(45) 


where 

P - design pressure 
R = radius of circular head 
t — thickness of circular head 


Equation (42) is used to calculate the hoop stress in the 
tubes, shell, and cylindrical channel (waterbox) due to 
internal pressure. When the ratio of the inside diameter 
to the wall thickness is less than ten, the cylinder is known 
as a thick-walled cylinder, and equation (42) is an oversim- 
plification of the stress in the cylinder wall. More sophisti- 
cated analytical techniques are required to accurately as- 
sess the stress in thick-walled cylinders. 

Pressure stress in heads. To complete the pressure 
boundary of a heat exchanger, heads are welded or bolted 
to the cylindrical shell- Heads often take the form of a 
hemisphere, ellipse, or a flat cover. 

The equation for determining the pressure stress in a 
hemispherical head is closely approximated by the ex- 
pression: 


S = 


PRi 

2t 


(43) 


where 


P ■= design pressure 
R ; = inside radius of hemispherical head 
t = thickness of hemispherical head 


Insofar as practical, good practice requires that 
stresses in a hemispherical head be approximately the 
same as the stress in the cylinder to which it is attached. 
By examining equations (42) and (43), it may be seen that 
to do so requires that the thickness of the head be one- 
half the thickness of the cylinder. 

The equation for determining the pressure stress in an 
ellipsoidal head is 



(44) 


where 


Nozzles. Fluids enter and exit a heat exchanger 
through nozzles. The nozzles penetrate the pressure 
boundary, thereby increasing the stress of the boundary 
penetration. To compensate for the stress concentration 
introduced, the heat exchanger must be reinforced in the 
vicinity of the nozzle. Nozzles are the most common pres- 
sure-boundary penetrations; however, vents, drains, man- 
ways, and handholes also require reinforcement. The rein- 
forcement must be equal to or greater than the area of 
metal removed by the penetration, and the reinforcement 
must be added adjacent to the penetration in such a man- 
ner as not to introduce additional stress concentrations. 

Figure 18 shows the reinforcement boundaries for a 
circular penetration in a cylindrical shell or spherical head. 
Points ABCD represent the area removed by the penetra- 
tion. Points EFGH show the reinforcement boundary. The 
reinforcement can be added to the inside surface, to the 
outside surface, or to a combination of both. It is preferred 
that half the reinforcement area be added to both the 
inside and outside surfaces. However, adding reinforce- 
ment area to the inside surface is not always feasible 
because of interferences with other components, the re- 
quirement to remove a tube bundle, or flow disruption 
and turbulence. Good practice requires that the reinforc- 
ing area, A„ equals or exceeds the area removed by the 
penetration, A p , as detailed in Fig. 18. 

4.4 Mode* of Foilure. When subjected to a load, the 
response of a heat exchanger is dependent upon the type 
of material, the environment, and the manner of loading 
(static, dynamic, or thermal). The failure modes that must 
be considered may be grouped as catastrophic failures 
(material fractures) and failures resulting from excessive 
deformation. During the mechanical design of heat ex- 
changers, the following modes of failure must be con- 
sidered: 
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A r = Ur-r)(t-V +Lb 0 <Vt nr ]*L bi t ni = A p = rt, 
where 

A - reinforcement area 

r 

A = area, of metal removed by the penetration 
P 

r = nozzle radius 

t = nozzle thickness 

n 

t = nozzle thickness required to satisfy the pressure 
nr 

t . - internal nozzle thickness 

nl 

t - shell thickness 

t - shell thickness required to satisfy the pressure 

r 

L, = the smaller value of 2-5t or 2.5t 
bo r> 

L = the smaller value of 2,5t. 2.5t , . or the actual internal 
bl nozzle length 

ft. = shell radius 


i 


fig. 18 Limits of reinforcement for circulor penetrations in a 
cylindrical shell or hemispherical head 


* Failure by excessive elastic deformation — Elastic 
deformation failures occur when an applied load causes 
the element to exceed the allowable elastic strain or elastic 
deflection limits* 

* Failure by excessive plastic deformation— Plastic 
deformation failures occur when an applied load causes 
the entire section of the element to exceed the yield 
strength introducing a permanent change in shape* 

* Failure due to fatigue — Fatigue failures are due to 

progressive fractures and are caused by elements being 
subjected to cyclic or repeated stresses that exceed the 
material fatigue limits* * 

* Failure due to incremental collapse — Incremental 
collapse is characterized by an accumulation of inelastic 
strains resulting from the successive application of cyclic 
loads superimposed upon a sustained load. 

* Failure due to creep deformation— Creep is the 
time-dependent deformation or yielding of an element un- 
der load, usually at an elevated temperature* 


* Failure due to brittle fracture— Brittle fracture 
occurs when the applied load causes a rapid propagating 
fracture without any plastic deformation. The state of 
stress is below the yield strength of the material* Brittle 
fractures initiate at material flaws or stress risers* 

9 Failure due to stress corrosion — Stress-corrosion 
fractures are caused by the simultaneous effects of a 
corrodent and an applied or residual stress* 

* Failure due to corrosion fatigue— Corrosion fa- 
tigue results in a fracture of an element by the combined 
action of cyclic load and a corrosive environment. 

* Failure due to erosion — Erosion causes an element 
to fail due to the removal or destruction of material by 
the abrasive action of a flowing fluid* 

Design codes, or specification standards, are used to 
prevent the first six modes of failure by specifying conser- 
vative factors of safety or allowable stress limits* How- 
ever, the heat-exchanger engineer is also responsible for 
preventing failures due to corrosion or erosion. This can 
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be accomplished by specifying appropriate materials, re- 
ducing the flow rate, streamlining the flow, adding sacrifi- 
cial material in the form of a corrosion allowance, or using 
corrosion resistant materials such as stainless steel, nick- 
el-chrome-iron alloy 600, or nickel-molybdenum-chrome 
alloy C-276 overlayed on the base material* 

4.5 Design Codes* Heat exchangers are designed in 
compliance with published codes. Each code is based on 
a unique design procedure and is applicable only when 
specified. The entire heat exchanger, tube side and shell 
side, can be designed to a single code or a combination of 
codes, where the tube side is designed to one code and the 
shell side to another code* The codes most often used in 
the design of heat exchangers are: 


1. The American Society of Mechanical Engineers, 
Boiler and Pressure Vessel Code, Section VIII, Rules for 
Construction of Pressure Vessels, Division 1. 

2. The American Society of Mechanical Engineers, 
Boiler and Pressure Vessel Code, Section VIII, Rules for 
Construction of Pressure Vessels, Division 2 — Alterna- 
tive Rules. 

3* The American Society of Mechanical Engineers, 
Boiler and Pressure Vessel Code, Section III, Nuclear 
Power Plant Components, Division 1* 

4* SDB-63, Structural Design Basis, Naval Sea System 
Command. 


Section 5 

Plate Heat Exchangers and Compact Heat Exchangers 


5.1 General. The shell-and-fube heat exchanger is 
the most widely used type for marine applications; how- 
ever, plate and compact heat exchangers offer attractive 
alternatives for certain applications. 

5*2 Plate Heat Exchanger. Plate heat exchangers are 
most commonly used as lubricating-oil coolers and engine 
jacket water coolers* As shown in Fig* 19, the plate heat 
exchanger consists of five basic elements: the cover, the 
carrier rail, the heat transfer plates, the support column, 
and the tie bolts* The inlet and outlet for both fluids are 
usually located in the same cover. The two fluids are sepa- 
rated by the heat transfer plates. Each plate contains a 
gasket that fits into grooves pressed in the plate and in 
the nozzle ports. The gasket prevents the two fluids from 
mixing* The gasket is vented to the atmosphere, which 


permits a leak to be readily detected. The plates are sand- 
wiched between a fixed cover and a movable cover by the 
tie bolts. The top and bottom carrier rails align the plates 
to each other* 

The heart of a plate heat exchanger is the plate, and 
understanding the design of the plate is paramount when 
specifying this type of heat exchanger* The plate is a sheet 
of metal that is approximately 0*024 in* thick and precision 
pressed into corrugated patterns or chevrons* The corru- 
gation pattern, depth, shape, and angle are the manufac- 
turer's proprietary information. Since the industry does 
not have standard heat transfer plates, the plates are 
unique to the manufacturer. To insure uniform velocity 
through the plate, the inlet and outlet region of each plate 
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Table 4 Approximate range of convective beat transfer co- 
efficient in a plate heat exchanger 



Coefficient, h 

Condition 

Btu/hr-ft^eg F 

Forced convection oil 

50 to 600 

Forced convection water 

500 to 4000 



fbl MuPf iprs-pass ’ype flaw pattern 


has flow distribution grooves pressed into the plates. Fig- 
ure 20 shows the design of a typical plate with a gasket 

The heat transfer coefficient and pressure drop can be 
varied from plate to plate by changing the plate pattern, 
depth, shape, and chevron angle. When designing a plate 
heat exchanger to transfer a given amount of heat, the 
number of plates can be increased to establish the re- 
quired area for a specified chevron angle, or the designer 
may change the chevron angle within the plate pack, 
thereby decreasing the area needed for heat transfer. 

Figure 21 illustrates typical flow patterns in plate heat 
exchangers. For different combinations of flow and pres- 
sure drop requirements, plate heat exchanger design flex- 
ibility is achieved by changing the plate size, the chevron 
angle, the flow of some of the plates to co-current flow, 
or the location of the outlet nozzles in the movable cover. 

The approximate ranges of the film heat transfer coeffi- 
cients for fluids flowing in a plate heat exchanger are 
listed in Table 4. It may be noted that the magnitude of 
the coefficients is higher than those listed in Table 2 for 
tube heat exchangers. 

Maintenance of a plate heat exchanger is relatively easy 
because there is access to both surfaces of the heat trans- 
fer plate. Because of its compactness, the inspection and 
maintenance of the unit does not require additional spacfe. 

Unlike a shell-and-tube heat exchanger, a plate heat 
exchanger is not subject to the problems of flow-induced 
vibration, entry impingement, bypassing, and leakage as- 
sociated with a shell-and-tube heat exchanger. Plate heat 
exchangers have a fast start-up and a rapid response to 
transients, which reduces thermal stresses and increases 
the service life of the unit. 



Fig. 21 Typical flow patterns in plate h«ot exchanger* 


Because of the method of construction, only the plates 
and connections are necessarily made of corrosion-resis- 
tant materials. The remainder of the elements can be 
made of carbon steel. 

Under normal circumstances the maximum operating 
temperature of the working fluid is limited to 250 F and 
the maximum operating pressure to 150 psi 

Because of the high friction factor of the fluid flowing 
between the many plates, this type of unit is generally 
limited to sensible heat transfer with no change in phase. 

In general, fouling is lower for a plate heat exchanger 
than for a shelband-tube heat exchanger because of the 
high turbulence and wall shear induced by the corruga- 
tions. Care must be exercised when fouling allowances 
for a plate heat exchanger are based on data for a tubular 
unit because this may result in more heat transfer surface 
than necessary. 

The equations for heat transfer developed in Section 3 
are applicable to plate heat exchangers except for the 
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overall heat transfer coefficient, the film coefficient, and 
the friction factor. 

Unlike a shell-and-tube heat exchanger, where the end 
user can design a unit using standard tubular parameters 
such as the number of tubes, tube pitch, tube length, 
and shell diameter, the user cannot design a plate heat 
exchanger. A plate heat exchanger is assembled from 
plates of specific dimensions and corrugation patterns. 
Each manufacturer has a unique plate design; however, 
the user can verify that a given plate heat exchanger will 
perform the intended function. Equation (7) is again used 
to calculate the heat flow rate; however, the terms are 
redefined as follows: 

Q = UAJLWTD) (7) 

where 

LMTD = log mean temperature difference 
A 0 — total heat transfer area for all plates 
U = 1/[1 !h h 4* r h + 4 r c 4 I/AJ 

h k — film heat transfer coefficient, hot side 
r h — fouling resistance, hot side 
r w — wall resistance — T/k 
T — thickness of plate 
k — thermal conductivity of plate 
he = film heat transfer coefficient, cold side 
r c = fouling resistance, cold side 

The film coefficient can be correlated with the pressure 
drop by using the empirical relationships given in Section 
3, as follows: 


jVw = = C(Re) m {Prf a3 (Z/ZJ* 1 4 


(46) 
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Fig. 22 Plata-fm heat exchanger and typical fin geometries 


and 

»T ilCA G 

Nu — Nusselt number 

Re — Reynolds number 

D e — equivalent hydraulic diameter 

The coefficients c f m t and /are experimentally deter- 
mined constants that are functions of the chevron angle 
and flow regime. Each plate heat exchanger manufac- 
turer establishes the constants that are applicable to par- 
ticular designs; and, when the units are in service, it is 
also possible for others to develop the constants from 
plate heat exchanger performance data. 

5.3 Compact Heat Exchangers. Compact heat ex- 
changers have a high ratio of heat transfer surface to 
heat exchanger volume. As an arbitrary definition, a com- 
pact heat exchanger has a surface-to-volume ratio that is 
more than 215.0 ft 2 / ft 3 . For comparison purposes, a shell- 
and-tube heat exchanger has a surface-to-volume ratio of 
approximately 20 to 40 ft 2 /ft a . Typical compact exchanger 
designs are: extended surface exchangers utilizing fins 
on one or both sides and regenerators and exchangers 


with small hydraulic-diameter surfaces or tubes. Of par- 
ticular interest for marine applications are compact heat 
exchangers with extended surfaces. These heat ex- 
changers can be used as waste-heat boilers, evaporators, 
or condensers; however, the most common marine applica- 
tions are in refrigerating and air-conditioning systems. 

The heat transfer coefficient for a sensible gas is one 
to two orders of magnitude less than for water or oil, as 
may be seen from Table 2. The use of extended surfaces 
on the gas side of the exchanger is an effective means 
of achieving a balance between the product of the film 
coefficient and the heat transfer surface area on the liquid 
side and the gas side of the exchanger. The major applica- 
tions of extended heat transfer surface are the gas side of 
gas-to-liquid, gas-to-condensation, and gas-to-evaporation 
heat exchangers. 

Of the alternative extended-surface heat exchangers, 
the most common are the plate-fin type and the fin-tube 
type. The plate-fin heat exchanger contains fins that are 
sandwiched between the parallel plates. The fins are 
attached to the plates by extrusion, welding, brazing, sol- 
dering, or mechanical fit Figure 22(a) depicts a plate- 
fin heat exchanger, and Figs, 22(b) through ( e ) illustrate 
typical fin geometries. Flexibility in the thermal and hy- 
draulic design for plate-fin heat exchangers is realized by 
changing the fin height width, and thickness. A typical 





618 


marine engineering 



(□} Continuous Fin Tube Heat Exchanger 



Fig< 25 Fin-tube heat exchanger 
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(b) Plain Continuous Fin for 
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(c) Plain Continuous Fin tor 
Staggered Flat Tube 



(d) Wavy Continuous Fin fo-r 
Round or Flat Tube 


Fig. 23 Continuous fin-tube heat exchanger and typical continuous fin ge- 
ometries 
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( c ) Segmented Finned Tube 


{ d > Studded Finned Tube 


Fig* 24 Typical finned tubes 


fin is 0.004 to 0.010 in. thick, and the fin height varies 

from 1 to 10 in. „ 

In a fin-tube heat exchanger, the fins are usually 
attached to the outside of the tube. The tube can be round, 
rectangular, or ellipsoidal. Figure 23(o) shows continuous 
fins on an array of tubes, and Figs. 23(&) through (d) 
contain typical continuous fin geometries. Figures 24(a) 
through (d) show individually finned tubes. The fins are 
attached to the tube by tension-winding, mechanical bond- 
ing, welding, or hydraulically expanding the tube against 


the fin. The use of a mechanical bond or hydraulic expan- 
sion is limited to those applications where the differential 
thermal expansion between the tube and fin material is 
small; otherwise, continual start-up and shutdown cycles 
will loosen .the bond and introduce a thermal resistance. 
This condition can be eliminated by welding the fin to the 
tube. 

Compact heat exchangers are usually arranged with 
the fluids in cross flow, that is, with the fluids flowing 
at right angles. In addition, it is important to establish 
whether the fluid is mixed or unmixed. Mixing implies 
that all the fluid in any given plane normal to the flow 
has the same temperature, and the temperature changes 
only in the direction of the flow. Unmixed flow implies 
that fluid temperature differences exist in at least one 
direction normal to flow but no heat flux due to the differ- 
ences occurs. The mathematical derivation of an expres- 
sion for the mean temperature differences for mixed and 
unmixed fluids is quite complex. The usual procedure is 
to modify the LMTD calculations that are made using 
expressions such as equations (8) or (11) by the application 
of correction factors [8]. 

The equations developed in Section 3 are applicable to 
the design of fin-tube compact heat exchangers except 
for the external film coefficient and friction factor. The 
external film coefficient and the pressure drop can be 
correlated by using the following empirical relationship 
in Section 3; 

Nu = = C{ReT{PrT*\Z/ZJ> u (48) 

k 

and 

^ - 4/ (sr <49> 

where 

R e — Reynolds number 
N u = Nusselt number 

N r = number of tube rows in direction of flow 
d 0 — outside diameter of tube 

Published data are available that can be used to calcu- 
late film coefficients and friction factors for any combina- 
tion of tube pitch pattern and fin type that may be speci- 
fied for compact fin-tube heat exchangers. Such data are 
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published by the manufacturers of fin tubes [19] and have 
also been correlated in reference 20. 

The components of a typical compact fin-tube heat ex- 
changer are the serpentine coil and the casing as shown 
in Fig* 25* The high-pressure fluid is transported within 
the fin tube. The casing consists of an inlet duct, an outlet 
duct, and insulation panels. The panels direct the gas flow 
around the outside of the fin tubes and also serve as the 
pressure boundary for the low-pressure gas* The allow- 
able gas-side pressure drop is specified in inches of water 
and is usually the limiting parameter in the design. 

The following items require consideration when design- 
ing a compact fin-tube heat exchanger: 

# To maintain a uniform velocity profile across the 
serpentine coil, directional vanes or diffuser plates may 
be added to the inlet duct 


* The fin tube may be susceptible to flow-induced vi- 
bration. 

* The easing surfaces are flat and must be designed 
as the pressure boundary for the low-pressure gas* Stif- 
feners may be added to the surface of the casing as a 
means of reducing the stress and deflection. 

* To reduce ambient heat loss and to provide person- 
nel protection, the casing may require insulation if the 
gas temperature is greater than 150 F. 

* The serpentine coil may require an independent sup- 
port structure depending upon its size and weight, 

* The tube pitch pattern may be either triangular or 
square. 


Section 6 

Heat Exchanger Applications 


6*1 Lubricating-OH Coolers, In addition to serving as 
a lubricant between moving mechanical parts, lubricating 
oils generally also accomplish a second objective of remov- 
ing the frictional heat generated, especially so with diesel 
engines. Therefore, some means must be provided for 
removing the heat absorbed by the lubricating oil. With 
small systems, the natural heat transfer by radiation and 
convection may be adequate, but with larger systems, 
particularly those employing forced circulation, lubrt 
cating-oil coolers are required. 

The main lube-oil coolers, i.e., those serving the main 
propulsion machinery, are generally shell and straight- 
tube exchangers that often have removable tube bundles 
and double-packed floating tubesheets, such as illustrated 
by Fig* 26* Oil generally flows in a single pass via trans- 
verse baffling in the shell, and seawater is the normal 
coolant flowing in one or more passes through the tubes. 
However, in many motorships that have central cooling 
systems, fresh water is used as the coolant. 

In the lube-oil cooler shown in Fig. 26, the floating 
tubesheet is centered between the shell flange and wa- 
terbox flange, A gland ring retains the packing. Separate 
packing rings are provided for the shell {lube oil) side and 
the coolant side* The gland ring is grooved around the 
inside, and leak-off holes are provided so that leakage 
past the packing rings on either side will be relieved to 
the outside and attract the operator's attention. 

The stationary tubesheet, baffles, and support plates 
are assembled and held in proper relative position by tie 
rods and spacer sleeves. Tie rods are threaded into but 
not through the stationary tubesheet* The waterbox and 
stationary tubesheet are secured by collar bolts or by stud 
bolts driven into tapped holes in the tubesheet so that the 
tubesheet-to-shelkflange joint will not be broken when the 
waterbox is removed* 

The packing retainer ring is usually “scalloped’ * so that 
there is a stud hole for every second stud in the shell 


flange at the floating tubesheet end of the cooler. This 
enables the gland ring to double as a test ring and allows 
the shell to be hydrostatically tested without the waterbox 
in place. 

In some of the more demanding applications, such as 
heat exchangers cooled by seawater, there are special 
requirements for bolting as well as for materials, and such 
requirements must be considered in the cooler design. 
Limitations are also provided for maximum fluid velocities 
and pressure drop, and shock resistance requirements 
may also be specified for military applications [6]. 

It has been determined that the performance, in terms 
of fouling properties and service life, of low-fin tubing in 
lube-oil cooling service is approximately equal to that of 
bare tubes, and %- and %-m. low-fin 90/10CuNi tubing has 
become the preferred tubing in lieu of %- and 7 4-in. bare 
tubes. With low-fin tubes, the greater amount of heat 
transfer surface within a given shell size outweighs the 
disadvantage of their somewhat lower heat transfer rates, 
and the net result is a smaller, more compact, and more 
economical unit for a given performance requirement as 
compared with bare tubes. 

Lubricating-oil coolers are also necessary for auxiliaries 
such as diesel- and turbo-generators, main feed pumps, 
and air compressors. These units may be similar in design 
to main lubricating-oil coolers but are smaller, having a 
shell diameter of 6 to 10 in*, with some perhaps smaller. 

It is important to note that the high viscosity of lubricat- 
ing oil results in a low Reynolds number on the oil side, 
with a consequent low heat transfer coefficient and a 
high pressure drop* These, and other design aspects of oil 
coolers, are treated in detail in Section 3. 

6*2 Fuel-Oil Heaters and lubricating Oil Heaters. 
The heavy fuel oils often burned aboard ship are so vis- 
cous at ambient temperatures that they must be heated 
before they can be pumped from the storage tanks, heated 
again before purification (on motorships), and heated 
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1. Shell 

2. Water Channel 

3. Channel Cover 

4 Return Channel 

5 Fixed Tut>esheet 

6. Floating Tubesheei 

7 . T ubes 

8. Baffle Assembly 

9 . Retainer Ring 

10, Packing 

11. Shell Flange Gasicer 
1 2 . Channel Gasket 

1 3 Cover Gasket 
1 4 Zinc Anodes (when included) 


DETAIL "A * 

Detail of Floating Tubesheet End 

Section at packing retaining ring weep-hole. Mixing of 
the shell and tube sde fluids thru the packing is 
impossible with this detail. Any seepage from either 
side, resulting from loosening of the bolts, drips out 
thru the coppeMined packing ring weep-holes, thus 
putting the operating personnel on notice. The nuts on 
both sides may be made up to tighten packing without 
shutdown or interruption of operation. 


P.T, VENT-NEAR SIDE 
PLUGGED 



LEAK 

DETECTION 

HOLE 


SHELL FLANGE 


Fig. 26 Typical main lube-oil cooler 


again before combustion (the properties of fuel oils are 
discussed in detail in Chapter 12)- The more viscous fuels 
may require heating to 120 F or more before they can be 
pumped; and when supplied to the burners or injectors, 
the fuel oil must be at an even higher temperature in 
order to attain a fuel viscosity sufficiently low for proper 
fuel atomization- Therefore, when a heavy fuel is used, 
two stages of fuel-oil heating are provided on steamships 
and three on motorships; primary heaters are installed 
in the fuel-oil tanks, and secondary heaters are installed 
before the purifiers (when provided) and between the ser- 
vice pumps and the burners or injectors. 

The primary oil heaters are installed in the tanks in 
either of two forms: as steam-supplied pipe grids or coils, 
or as open-ended tank-suction heaters- The latter alterna- 
tive has become increasingly popular because of the lower 
initial cost, lower maintenance costs, and lower steam 
consumption (only the oil to be pumped is heated as op- 
posed to heating the entire tank). A typical tank-suction 



fuel-oil heater is shown in Fig, 27- This horizontal U-tube 
heat exchanger has an outer shell flange that is bolted 
directly to the tank- The oil is drawn in through the open 
end of the shell and along the tube bundle. As the heating 
medium (condensing steam) circulates through the tubes, 
the portion of oil in the heater shell in contact with the 
tubes rises in temperature with a corresponding decrease 
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in viscosity. The entire process is continuous with the oil 
flow being induced by the pump. 

The secondary fuel-oil heaters heat the fuel to the tem- 
perature necessary for proper atomization (about 240 F 
for boilers and as high as 300 F for diesels) by means of 
an automatic steam-supply regulating valve that controls 
the steam supplied to the heaters. An accurate control of 
the steam supply is necessary as the oil may otherwise be 
overheated and form carbonaceous residues on the heater 
tube surfaces. 

Several types of secondary fuel-oil heaters are in use; 
a common type is the bayonet-tube heater as shown by 
Fig- 28. In this tubular heater, oil enters the shell of the 
heater at the tubesheet end and is directed by a system 
of segmental baffles to flow back and forth across the 
tube bundles [see also Fig- 8]- The tubes are staggered, 
and continuous mixing occurs during flow, causing the 
cooler oil to be constantly forced against the heating sur- 
faces and thus wiping the heated film from them and 
creating an effective heat transfer from those surfaces. 

in a bayonet-tube heater, steam is delivered to the 
steam chamber, and from there enters a series of small 
tubes, called “inner” tubes, through which it travels until 
it is discharged into the annulus between the inner and 
outer tubes at the far end of the outer or oil-heating tubes 
[see also Fig. 10(6)]- Thus steam (free of condensate) is in 
contact with the heating surface at the oil exit end of the 
unit, where the highest oil temperature is desired- The 
space between the inner and outer tubes is small so that 
the volume of steam flowing in the annular space gener- 
ates a velocity of flow sufficient to continuously sweep 
the condensate from the surface as it forms, thus reducing 
water-film losses and preserving high transfer rates on 
the steam side. 

Bolting is arranged such that the assembly consisting 
of the inner and outer tubes, steam-condensate chamber, 
and baffles may be removed from the heater shell as a 
unit, thereby permitting an examination of the exterior of 
the heating surface and mechanical cleaning as required. 
Also, the inner tubes only, together with the steam con- 
densate chamber, may be removed, leaving the outer 
tubes and their tubesheet in place and firmly bolted. In 
addition, a test of the shell side may be conducted with all 
the tube ends visible for inspection during the test. 

The outer tubes are of the bayonet (Niclausse tube) 
type and are rolled into the tubesheet at one end and 
closed at the other. Each tube is free to expand and con- 
tract independently. The outer tubes are often finned to 
obtain a greater amount of surface for a given shell diame- 
ter. Finned-surface and bare tubes have been found 
equally resistant to fouling. 

The shell-and-straight-tube type of heater has also been 
used in fuel-heating sendee, with the oil being passed 
through the tubes and steam through the shell- Alterna- 
tively, fin-tube heaters have been used in which steam 
flows through inner tubes that are fitted with external 
longitudinal fins; in these heaters the oil flows through 
the space between the finned inner tube and an outer 
tube, which serves as a shell The Navy has set forth 



specific design criteria for all three of the foregoing de- 
signs, and further describes an “evaporator” type of fuel- 
oil heater, which uses an intermediate fluid to transfer 
heat from a primary heating coil to the bayonet oilheating 
elements; this precludes any possibility of contaminating 
the condensate with fuel oil in the event of a leaky tube 
or tubesheet joint [21], 

Steel construction throughout is standard practice. A 
minimum of two heaters is normally provided, sized, and 
so arranged that either heater can provide full service 
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requirements with the other heater serving as a standby. 
Heaters are fitted with relief valves, which usually dis- 
charge to the settling or service tanks via a check valve. 
The automatic temperature control valve is normally in- 
stalled m the steam supply line with the sensing element 
located in the oil outlet flow line immediately adjacent 
to the heater. In motorships the steam flow is usually 
controlled by a viscosimeter. The steam flow valve is usu- 
ally installed immediately adjacent to the steam inlet con- 
nection to the heater. Adequate steam traps are necessary 
in the condensate lines from the heater since flooding of 
the heater would have an adverse effect on its per- 
formance. 

Sectionalized heaters or banks of heaters are commonly 
used in order to provide the flexibility of using all or a 
portion of the heating surface over a wide range of heat- 
ing capacity. With such an arrangement, individual heat- 
ers or sections of a heater can be cut in or out as the 
demand fluctuates and thereby maintain a steam supply 
sufficient to ensure adequate control of the oil outlet tem- 
perature. Such a control of the amount of heat transfer 
surface in service avoids cyclical heater operation when 
the heating requirements are very small compared with 
the effective heating surface. 

The design requirements for lubricating-oil purifier 
heaters are much like those for fuel-oil heaters in that the 
oil must be heated to a prescribed temperature range 
(normally 100 to 160 F) in order to attain a sufficiently 
low oil viscosity for effective purification. Lubricating-oil 
purifier heaters are generally of the tubular type and are 
similar to those used as fuel-oil heaters. 

6*3 Boiler Feedwater and Desuperheater Leakage Test 
Sample Coolers* Daily tests of the condition of the boiler 
water and feedwater are necessary to ensure continued 
efficient operation and protection of high-pressure steam 
generators. These tests are necessary to: 

* Maintain the specified boiler water chemistry 
through chemical treatment to ensure that the correct 
proportions of the essential chemicals are present 

* Check the effectiveness of the blowdown procedure 
by measuring the concentration of the soluble and sus- 
pended solids in the boiler water. 

* Determine the amount of dissolved oxygen in the 
boiler water and feedwater to guard against excessive 
corrosion. 

The collection and cooling of water samples is the first 
step in the test procedure. The coolers required are rela- 
tively small heat exchangers due to the small quantity of 
sample required for testing. One of the common arrange- 
ments is a cooler system consisting of primary and second- 
ary coolers connected in series. The coolers have a cylin- 
drical cast bronze shell that contains a helical coil wound 
around a core positioned in the cast shell; such a cooler is 
shown in Fig. 29. The sample passes through the coil and 
cooling water flows across the outer surfaces of the coil. 
The boiler water sample cooler is usually made of 90/10 
or 70/30 CuNi, and the cooler and valves are designed 
to the boiler working pressure. The primary cooler uses 
seawater at 85 F as a coolant and reduces the sample 
temperature to approximately 140 F; the secondary cooler 


primary 

CO&ER 


SECONDARY 

COOLER 


SAMPLE 

inlet 



uses chilled 50 F fresh water as the coolant to reduce the 
temperature of the sample to that desired for testing. The 
maximum temperature for oxygen determination is 70 
F; in Navy practice 100 F is considered the maximum 
temperature suitable for pH, hardness, and chloride deter- 
mination. 

The coils for desuperheater leakage test sample coolers 
can be made of copper or a similar material since they are 
designed for a moderate pressure and are normally cooled 
with fresh water. 


HEAT EXCHANGERS 


623 



6.4 Tank Cleaning System Heaters and Drain Cool- 
ers. When a different grade of cargo is to be carried in 
a tanker (e.g., gasoline vice crude oil), it may be necessary 
to wash the cargo tanks before receiving the different 
grade. Also, it may be necessary to wash the tanks in 
preparation for inspection and maintenance. The tank 
cleaning systems use hot seawater supplied from heat 
exchangers. 

The heat exchangers usually consist of a seawater 
heater and drain cooler connected in series so that the 
seawater flows first through the drain cooler and then 
through the heater. Steam is used as the heating medium 
in the heater, and the resulting condensate is cooled in the 
drain cooler. The seawater is heated to a temperature of 
180 to 200 F. 

As illustrated in Fig. 30, the exchangers are typically 
of the horizontal shell-and-tube type; the heater (above 
the drain cooler) is of the U-tube type, and the drain cooler 
has a fixed tube nest and a shell expansion joint. The tube 
nest in the coolers is usually fitted with transverse baffles 
to create a flow path for the drains perpendicular to the 
run of the tubes. Depending upon design conditions and 
installation requirements, the tubes may be arranged for 
single- or multi-pass flow of the seawater. Zinc anodes are 
provided in the water heads to minimize galvanic corro- 
sion on other parts of the heat exchanger (galvanic corro- 
sion is discussed in Section 2.5). 

Occasionally the heater and drain cooler are combined 
in a single shell, but the arrangement must preclude the 
possibility of the condensate rising above its normal level 
and submerging the tubes in the heating section, which 
would reduce the effectiveness of the unit. In some cases, 
only a heater is installed and the drains are discharged 
through a steam trap to the deaerating feed heater or a 
suitable vessel or receiver. 

Whether a separate or combined heater and cooler is 
installed, a liquid level control is employed to ensure sub- 
mergence of the drain cooling tubes. Relief valves are 
provided on both the shell and tube sides of the saltwater 
heater. 

For naval applications, there are a number of special 
design requirements (such as construction materials and 
shock requirements), which must also be considered. 


6*5 Low-Pressure Feedwater Heaters. The classifica- 
tion (i.e., low pressure or high pressure) of feedwater 
heaters depends upon their location relative to the boiler 
feedwater pump; low-pressure heaters are located on the 
suction side of the main feed pump, whereas high-pres- 
sure heaters are located on the discharge side. Feedwater 
heating is accomplished in a number of steps or stages, 
and the heaters are usually referred to as the first stage, 
second stage, third stage, fourth stage, etc. Multiple 
stages of feed heating are essential to the efficiency of a 
steam turbine power plant, as may be noted from Chapter 
2. The plant heat balance establishes the number of heat- 
ing stages, feed flow through each heater, bleed points, 
auxiliary exhaust pressures, and the temperature of the 
feedwater entering each heater. 

Since the heat transfer coefficient of condensing steam 
is independent of velocity, and feed pressures are usually 
quite high, the feed is generally in the tubes with the 
steam in the shell. For a given steam pressure, the heat 
transfer is dependent upon the feed velocity through the 
tubes. Velocities of 6 to 7 fps result in a reasonable pres- 
sure drop and satisfactory heat transfer conditions. 

Heater shells should be baffled to avoid dead spaces, 
and drain cooling sections should hold close baffle-to- 
shroud tolerances so as to avoid excessive bypassing of 
heat transfer surface, which would result in inadequate 
drain cooling. Both the shell sides and watersides should 
be self-venting. 

The design pressure controls the construction details of 
feedwater heaters. Those heaters with design pressures 
up to 100 psig are considered low-pressure heaters. It is 
common practice to combine several low-pressure heaters 
into one shell to save space, cost of equipment, piping, 
and installation costs. Figure 31 depicts a typical com- 
bined low-pressure feed heater/drain cooler/ gland-ex- 
haust condenser. Similar heaters combining two stages of 
heating with the drain cooler are sometimes used. The 
combined heater is normally furnished as a package with 
the gland-exhauster fan and drain regulator mounted on 
the unit. 

Due to the temperature difference between sections of 
combined heat exchangers, the outlet ends of the tubes 
are usually secured in the tubesheet by means of alternate 
rings of metallic and fiber packing [see Fig, 10(c)] and are, 
therefore, free to expand independently. 

6*6 Direct Contact Deaerating Feedwater Heaters, 
Since marine propulsion boilers are operated at high tem- 
peratures and pressures, there is a hazard of corrosive 
attack due to the presence of dissolved oxygen or carbon 
dioxide in the feedwater. It is virtually impossible to pre- 
vent the entry of air into the feed system, particularly 
during plant start-up; therefore, it is necessary to provide 
deaerating equipment for the removal of air and corrosive 
gases from the boiler feedwater. Although deaeration can 
be largely accomplished in the condenser, “condenser de- 
aeration” is not sufficient during plant start-up; and with- 
out further deaeration, there would be no provision for 
the removal of air introduced later in the system, particu- 
larly at the condensate pumps. 
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Fig, 31 Typical combined low-pressure feed h*o ter /drain cooler/gland enhausf condenser 


Flash deae ration , whereby saturated water at 10 to 15 
psig is introduced into a surge tank at atmospheric pres- 
sure, is simple and economical. However, the resulting 
flashing of steam will not ensure the low dissolved oxygen 
content (he., 0.005 ce per liter) required of the feedwater 
unless sufficient agitation is positively provided. There is 
also a loss of steam through flash deaeration. For exam- 
ple, a deaerator operating at 15 psig flashing down to 
atmospheric pressure loses about 4% as flashed steam. 
The flashed steam should not be condensed and returned 
to the feed cycle since it will normally have reentrained 
a portion of the undesirable dissolved gases. Therefore, 
standard marine deaerators are more sophisticated in de- 
sign than those of the flash type. 

The practical considerations involved in the removal of 
dissolved oxygen from boiler feedwater may be briefly 
summarised as: 

1. Heating the water to the boiling temperature for the 
pressure under which the process is conducted {saturation 
conditions). From the chemical relationship termed Hen- 
ry’s Law/" it is known that when a partial pressure of a 
liquid is equal to the total pressure above the liquid {boil- 
ing conditions), the solubility of any gases in the liquid is 
zero. 

2, Providing a design that ensures thorough agitation 
and scrubbing of the feedwater by the steam. Complete 


agitation of the feedwater and contact with the scrubbing 
steam ensures that equilibrium will be reached and that 
the zero potential solubility condition (Henry’s Law) will 
be attained. 

3. Continuously venting from the system a mixture of 
gases and steam. Through the use of adequate venting, 
the partial pressure of the noncondensable gases in the 
system will be kept low and the saturation boiling point 
of the liquid will be maintained. 

The heater immediately preceding the suction side of 
the boiler feed pump is usually the “direct contact’" or 
deaerating feed heater (generally known as a “DFT,” for 
deaerating feed tank). A typical direct-contact feed heater 
is illustrated in Fig. 32. Condensate and makeup are 
sprayed into the steam-filled primary heating and deaera- 
tion chamber through a series of spray nozzles and a vent- 
condensing spray nozzle. The spray nozzles provide an 
even distribution of water over the entire heating area. 
The steam flow, which is essentially countercurrent to 
the water flow, heats the water close to the saturation 
temperature such that the solubility of the gases is zero, 
and approximately 95% of the oxygen content is thereby 
released. 

Water and condensate collect in the conical water collec- 
tor and flow to the atomizing valve, where high-velocity 
steam strikes the mixture, atomizes it into a fine mist, 
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Fig. 32 Dfnsdf'Conlatt feed beater 


and raises the temperature the last few degrees to its 
saturation point. The mixture strikes a deflecting baffle, 
which separates the water and steam. The hot gas-free 
water drops to the storage compartment. 

The complete atomization and heating of the feedwater 
by the steam jet ensures that the dissolved gases will be 
released. After the atomization process, the steam and 
released gases flow through the primary heating/ deaer- 
ating chamber where a large portion of the steam is con- 
densed as it heats the incoming water. A small portion of 
the steam and all of the gases pass through the integral 
vent condenser, which condenses the majority of the re- 
maining steam. The small amount of steam vapor that is 
mixed with the released gases is then discharged to the 
atmosphere or to the gland leak-off condenser. 

The deaerator conditions feedwater such that its dis- 
solved oxygen content is less than 0,005 cc per liter. In 
addition, it substantially reduces the carbon dioxide con- 
tent of the feedwater. 


Since the feedwater is at saturation temperature and 
above atmospheric pressure, the arrangement of the 
deaerator is of great importance as there is a strong possi- 
bility of the feedwater flashing into steam at the pump 
suction. There are two means of ensuring an adequate 
suction head at the main feed pump. One is to position the 
deaerator high in the machinery 7 space, so that the static 
head developed is adequate for pump suction; an alterna- 
tive is to provide a booster pump between the deaerator 
and feed pump, which will maintain an adequate suction 
head on the feed pump. Damage control considerations 
dictate that the booster pump arrangement be used in 
naval ships. The booster pump must be designed to handle 
condensate at saturation temperature, and it is important 
that the booster pump suction line be short, with little or 
no turns, and adequately vented so that pump cavitation 
and suction line flashing will not occur. The alternative of 
locating the deaerator high in the machinery space is the 
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preferred arrangement with merchant ships, as damage 
control is not a design criterion and a pump is eliminated* 

The proper performance of a deaerator requires correct 
sizing of components and control of the rate of flow to 
the storage tank portion of the deaerator. The first major 
consideration is the boiler steam output. This determines 
the size of the deaerator and affects the storage tank, 
the makeup valve, the transfer pump, and the number of 
water spray nozzles in the unit* The other major factor is 
the temperature of the water delivered to the spray noz- 
zle; this temperature determines the size of the steam* 
regulating valve, which admits steam to the deaerator* 
This valve is sized as closely as possible to furnish the 
quantity of steam required to maintain the deaerator at 
the operating temperature, plus about 10%' additional ca- 
pacity of steam over that required to heat the inlet water 
at the design conditions as a safety margin to handle 
surges of incoming feedwater. However, since the steam 
capacity is considerably affected by the pipe size of the 
regulator and the incoming steam pressure, it is difficult 
to provide a valve that exactly matches the desired capac- 
ity. Proper deaeration requires that the temperature of 
the incoming water be raised to the saturation point; 
therefore, the volume of the inlet water must he controlled 
in relation to its temperature to stay within the heating 
capacity of the steam supplied by the steam-regulating 
valve* An excessive flow of cool water will, of course, 
quickly condense the steam in the deaerator, making it 
difficult to maintain the desired pressure* This empha- 
sizes the necessity to provide an adequate safety margin 
in sizing the steam-regulating valve so that its capacity 
and response rate are capable of handling surges of cool 
water* The storage tank is usually designed to retain 
about five minutes of feedwater flow. 

If high-pressure (high-temperature) returns are avail- 
able, they may he returned directly to the deaerator stor- 
age tank. Here they will flash and provide a certain 
amount of steam for preheating the water introduced into 
the deaerator* If these returns exceed 25 to 30% of the 
total capacity of the deaerator, however, more steam will 
be available than is needed; and some other means must 
be employed to use the returns* 

Deaerating feed heaters are normally equipped with 
two spring-loaded relief valves: one to prevent a high 
pressure from accidentally building up within the tank; 
and the second* known as a vacuum breaker, to prevent 
a high vacuum from developing in the tank by allowing 
atmospheric air to enter the tank in the event that the 
pressure in the tank drops below a prescribed value* 

The shell and majority of the internals are normally 
of welded-steel construction; however, the steam baffles, 
spray nozzles, atomizing valve, and vent condenser are 
generally manufactured from nonferrous alloys or stain- 
less steel* 

6*7 High-Pressure Feedwater Heaters* A high-pres- 
sure feedwater heater may consist of one, two, or three 
sections (a three-section heater contains desuperheating, 
condensing, and condensate-cooling sections). All sections 
are normally integrated in one shell for compactness and 
simplicity of piping. In addition to the marine regulatory 


body design requirements [3,4,5], the “Standards for 
Closed Feedwater Heaters" [22] are often applied. The 
construction features of typical high-pressure feedwater 
heaters are shown in Fig* 33* 

The tubes are usually %-in*-OD tubes, arranged on a 
% 5 -in. triangular pitch. The tubes in the condensing sec- 
tion are supported by plates spaced at intervals not ex- 
ceeding 48 in. to avoid tube vibration* Sections are cut out 
of the support plates to provide passages for steam flow 
and drainage* 

If the :|team that enters the shell side of the feedwater 
heater is highly superheated (e*g., a superheat of 100 
deg F or above), the tube surface in contact with the 
superheated steam will have a wall temperature higher 
than the saturated steam temperature; this means that 
the tube wall will not be wetted by condensate and that 
the transfer of heat will be low unless special precautions 
are made. It is found economical and sometimes essential 
to have # desuperheating section to control the desuper- 
heating of the steam* 

The desuperheating section is located at the feedwater 
exit end so that the leaving feedwater can be heated to 
the highest possible temperature. By arranging the flow 
this way, the feedwater temperature may even exceed 
the steam saturation temperature in the desuperheating 
section* The desuperheating section consists of a shroud 
wrapped around a group of the tubes so as to confine the 
inlet steam. Cross baffles are provided within the shroud 
to decrease the dry-vapor thermal resistance* Other de- 
sign features incorporated in the desuperheating section 
are means to shield the other regions of the unit from the 
high-temperature steam and means to prevent distortion 
due to unequal temperature distribution. 

The condensate-cooling section is located at the feedwa- 
ter inlet end of the heater so that the condensate (or 
drains) from the condensing section can be subcooled to 
approach the feedwater inlet temperature, thereby in- 
creasing the heat recovery* The condensate-cooling sec- 
tion consists of a shroud enclosing a portion of the tubes 
and cross-baffle plates. When designing the condensate- 
cooling section of the unit, the possibility of condensate 
reheating must be considered* Condensate reheating can 
occur because the steam condensate inside the shroud, 
while being cooled by the feedwater inside the tubes, is 
also heated by the steam condensing on the outside of the 
shroud. This reheating of the condensate is a matter of 
great importance at the drain outlet end of the heater, 
where the temperature difference between the conden- 
sate and feedwater is often as low as 10 deg F, while the 
difference between the condensate and steam outside the 
shroud can be as high as 100 deg F. Several means can be 
taken to avoid excessive reheating of the steam conden- 
sate, One would be to increase the ratio of the condensate- 
cooling tube surface to the shroud area: another would be 
to insulate the shrouds. 

The position of the feedwater heater as it will be ar- 
ranged aboard ship must be established before the ther- 
mal design of the feedwater heater can commence, be- 
cause the various alternative arrangements impose 
different restrictions on the thermal design of the unit. 







HEAT EXCHANGERS 


627 




tbj VERTICAL INSTALLATION 


[a) HORIZONTAL INSTALLATION 


1. CHANNEL 

а. channel cover 

X STATIONARY TUBE SHEET 
4. TUBES 
5* TUBE SUPPORT 

б. SHELL SKIRT 

7. PARTITION PLATE 
a* PARTITION COVER 
9, TRANSVERSE BAFFLES 
ID* IMPINGEMENT PLATES 

11. DESUPERHEATING ZONE 

12. SUBCOOLING ZONE 

13. SHELL 

14. HEATER SUPPORTS 

15. FEEDWATER INLET 
16* FEEDWATER OUTLET 

17, DRIP INLET 

18. STEAM INLET 

18. condensate outlet 

20, SHELL RELIEF VALVE CONNECTION 

21, TUBE SIDE RELIEF VALVE CONNECTION 

22, LIQUID LEVEL CONTROL CONNECTIONS 

23, GAUGE GLASS CONNECTIONS 

24, OPERATING AiR VENT CONNECTIONS 


Fig. 33 Typical feedwater heaters 


When the unit is installed in a vertical position with the 
feedwater entrance and exit channel (or waterbox) on the 
top, as in Fig, 33(6), the bottom region of the shell can 
be used as a steam condensate collector. The shrouded 
condensate-cooling section extends the full length to the 
top of the shell in this instance, and the height of the unit 
is relatively short. 

A vertical arrangement with the feedwater entrance 
and exit channel at the bottom [the inverse of that shown 
in Fig* 33(6)] is normally selected for long units that are 
designed for outdoor land installations; however, a lack 
of space usually precludes its application in marine plants. 
With this type of arrangement, the unit is designed such 
that the steam condensate exits at the feed inlet end in 
order to take advantage of the colder feed temperature 
for cooling, To accomplish this, it is necessary to flood a 


portion of the tubes with steam condensate, which results 
in poor utilization of part of the heat transfer surface. 

When it is possible to do so, high-pressure feedwater 
heaters should be arranged horizontally as illustrated by 
Fig* 33(a). Compared with a vertical position, a horizontal 
arrangement affords the following advantages. 

• There is less restriction on length* A heater of longer 
length normally results in a smaller shell diameter and a 
more economical unit, 

• The reheat problem is less severe in the steam con- 
densate-cooling section because this section need not be 
exposed to the steam and a short condensate-cooling sec- 
tion can be used to achieve the proper proportion of the 
tube surface to shroud surface* 

• A higher condensing heat transfer coefficient is 
achieved on a horizontal tube bundle than on a tube bundle 
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(a) Tongue^and'Groove 

Flange Joint (b) Shear-block closure 

Fig. 34 Tubs* side closures 

that is vertical. This fact is not reflected in most design 
analyses; however, it should be considered by the designer 
so as to provide the most effective utilization of heat 
transfer surface. 

Of major importance in the design of high-pressure feed 
heaters is the adequacy of the closures for the pressures 
and temperatures involved. A breakable joint should be 
provided for the shell-side closure so that the shell can be 
removed from the tube bundle for inspection and cleaning 
purposes. Under the usual operating conditions, a bolted 
flange joint is suitable for this purpose. However, under 
conditions that would involve temperature distortion or 
when there is an infrequent requirement for removal of 
the shell, a welded joint provides positive sealing and is 
economical to fabricate. A backup ring is provided to pro- 
tect the tubes when a flame cut is made to open the welded 
joint. 


The feedwater that enters the channel and the tube 
side of the unit is under a relatively high pressure, which 
imposes a severe requirement on the tube-side closure and 
seal design. The bolts of a flanged joint are required to 
take the hydrostatic load (which depends on the closure 
diameter and fluid pressure) and at the same time main- 
tain a pressure on the gasket sufficient to ensure a seal 
This often results in huge bolts that require enormous 
torques to tighten, especially so when the larger shell 
diameters are involved with pressures over 1200 psig. 
Nevertheless, bolted-flanged joints can be properly ap- 
plied in the design of the heaters with diameters as large 
as 20 in. and for pressures of less than 1200 psig. 

Flat metal or metal-jacketed gaskets are frequently 
used with bolted tube-side closures. The force required to 
adequately compress the gasket is a substantia] percent- 
age of the hydrostatic load on the end closure and may 
even exceed it. The force required to obtain an adequate 
gasket sedt can be reduced by narrowing the width of the 
gasket and at the same time confining the gasket to an 
enclosed space to prevent it from deflecting freely. An 
example of this design feature is illustrated by the tongue* 
and-groove flanged joint in Fig. 34(a). 

A shear-block closure design that is used in some of 
the larger and higher-pressure feed heaters is depicted in 
Figs. 34(6) and 35. The hydrostatic load is resisted by the 
shear ring, and the pressure on the gasket is maintained 
by the hydrostatic load. Figure 35 shows the method by 
which the tube-side operating pressure is used to seat and 
seal the solid copper ring gasket. 

With the larger high-pressure heaters, a point is 
reached where a simple bolted-flange closure must give 
way to a more elaborate high-pressure closure; experience 
indicates that when the product of the operating pressure 
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(in psi) and the shell inside diameter (ID) (in inches) ex- 
ceeds 25,000, a bolted-flange joint is no longer economical. 
In actual design practice, the availability of a standard 
flange for the size and pressure intended often decides the 
question as to the specific closure design. The economic 
advantage of a ready-made versus a custom-made item 
will often influence the selection of the specific closure. 

6.8 Gland Lealc-Off Condensers. In order to avoid an 
ingress of air to the steam system at the points where the 
steam turbine shaft penetrates the turbine casing, and 
similar locations, a gland-sealing steam system maintains 
a pure steam atmosphere at a pressure slightly above 
atmospheric just outside the turbine shaft-casing inter- 
face; this ensures that atmospheric air will not enter the 
turbine. 

The gland leak-off system consists of a fan, which re- 
moves an air and steam mixture from the turbine gland 
leak-off pockets, and a condenser through which the mix- 
ture is drawn in order to condense the steam so as to 
recover the water and reduce the quantity of gas that the 
fan must handle. 

The gland leak-off condenser may be either furnished 
as a separate heat exchanger or combined as a section of 
the low-pressure feed heater (see Section 6.5). When it is 
a separate exchanger, it is usually of the U-tube design 
and is arranged to receive the low-pressure gland leak-off 
steam in the shell; cooling water is passed through the 
tubes to condense the steam. 

The fan, which forms a part of the gland leak-off sys- 
tem, is designed to handle the leakage air plus the uncon- 
densed steam vapor. The gland leak-off exhauster (which 
is the common name for this fan) is usually mounted on 
top of or immediately above the condenser (or condenser 
section of the first-stage heater). 

The Navy has set forth specific design and material 
requirements for this condenser and similar condensers 
for other shipboard applications [23]. 

6*9 Unfired Steam Generators. Unfired steam genera- 
tors, which are more specifically known as contaminated 
water evaporators or steam service evaporators and re- 
boilers (in the case of those used with nuclear reactors), 
supply low-pressure steam at a pressure of 50 to 150 psig 
to a system that is independent of the main steam system. 
The independent system provides steam for services that 
could possibly contaminate the main system in the event 
of a malfunction, 

a. Contaminated water evaporators. Contaminated 
evaporators operate on bleed steam from the high-pres- 
sure turbine, auxiliary steam, or in some cases, high-pres- 
sure steam (up to 500 psig). Some of the ' 'contaminated’ ' 
services include fuel oil heaters, cargo-tank heating coils, 
galley and heating systems, and steam-driven deck ma- 
chinery, The contaminated evaporator tube-nest drains 
are normally piped to the deaerating feed heater via a 
trap. Figure 36 depicts a typical contaminated steam sys- 
tem. The bleed steam is a variable-pressure source, which 
depends on the percentage of full power being developed. 
The requirements of the contaminated system also vary 
greatly. The operational requirements, as depicted on a 
normal-power plant heat balance, may be only a small 


percentage of the maximum performance requirements; 
therefore, the maximum performance requirement must 
be taken as the design condition with checks made to 
ensure that the design is satisfactory for other operating 
arrangements. 

Two sets of design conditions are generally set up: one 
for bleed-steam operation and one for auxiliary-steam op- 
eration. Both conditions must be considered to determine 
the effects on the evaporator design as well as the safety 
valves and orifices. 

The evaporator bundle is normally of the U-tube type 
as shown by Fig. 37. When the tube bundle becomes very 
large, straight tubes should be used, incorporating the 
outside-packed head type of construction illustrated in 
Fig. 38. Tubes are usually % in. OD on a %-in. square 
pitch, except in the case of a low-temperature difference 
when a closer pitch may be used ( 7 /% in.). When %-in.-OD 
tubes are used, they are placed on a 1%-in. square pitch. 

The standard fittings furnished with the evaporator 
include feed control, safety valve, condensate trap, water 
gage glass, steam supply regulating valve, thermometers 
(normally two), pressure gages (normally two), and a test 
cock. 

The overall dean-tube heat transfer coefficients that 
are used to determine the evaporator bundle size are as 
follows: 

<5G‘F ^00’ F > 100° F 

Overall heat 

transfer coefficient 550 520 500 

A steam flow orifice is usually installed in the steam 
supply line to limit the amount of heating steam entering 
the evaporator and reduce the steam supply pressure (a 
high heating steam pressure is not always beneficial due 
to the critical heat flux or the vapor blanketing phenome- 
non in boiling). The orifice size is determined from the 
expression: 


A n = 




10 5.3[P 2 (P : - P 2 )f s 

w 9tm 


51A5P 1 


if P t > QMP l 
if P 2 < 0.5SP 1 


where 

A 0 — orifice area, in. 2 

Pi = steam supply upstream pressure, psia 
P 2 = steam supply downstream pressure, psia 
PF stm = steam flow rate, Ib/hr 

The safety valve should be sized for the maximum 
steam flow entering the generator; that is 

W m = 105.3 A 0 [P*(Ps ~ PJT* 


W 9Xm = 51.45 Aft if P 4 £ 0.58 P 3 

where 

P 3 = set pressure of supply line safety valve (assume 
P s to be 10% above auxiliary steam line pres- 
sure), psia 
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P i = set pressure of shell safety valve, psia 

b. Steam reboiler, A steam reboiler typically con- 
denses 450 psig steam from the reactor secondary loop 
and evaporates reboiler feedwater. The reboiler supplies 
150 psig steam to the 50-psig service steam system, the 
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Fig. 38 Outside-packed head construction used on large tube bundles 


IGO-psig laundry steam system with reducing stations, 
the ship's whistles, the distilling plant air ejector, the low- 
pressure steam drain collecting tank air ejector, the oil 
heating services, the steam-out connections, the decon- 
taminating sink heating coils, and the 25-psig steam reduc- 
ing station. 
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As illustrated in Fig. 39, a steam boiler is typically of 
the horizontal shell-and-U-tube type. The tubesheet is 
welded to the shell, and the waterbox is bolted to the 
tubesheet. A manway is installed in the shell head for 
inspection of the U-tubes and boiler internals. 

The steam outlet connection extends down into the shell 
and connects toadrypipe.The function of the dry pipe is 
to remove entrained condensate in the steam. The dry pipe 
is capable of producing 99% quality steam. The dry pipe 
is a perforated pipe that is located in the steam dome area 
above the tube bundle. The perforations are in the top 
portion of the pipe. In addition to the holes for the steam, 
the pipe contains drain holes at both ends to permit the 
condensate to drain back into the shell. 

The feedwater inlet connection extends into the shell 
and connects to a perforated inlet feed pipe. The perfora- 
tions extend the length of the pipe and uniformly distrib- 
ute the flow along the length of the bundle. 

The reboiler is provided with a surface and bottom blow- 
down. The surface blowdown is performed by a perforated 
pipe extending the length of the bundle and located above 
the shell centerline. The pipe is connected to a shell nozzle. 
The bottom blowdown is accomplished by a slotted pipe 
that extends the length of the tube bundle. Because the 
bottom blowdown removes sludge or precipitated solids, 
it is provided with two nozzles located approximately at 
the quarter points in the pipe. The amount, frequency, 
and type of blowdowns are determined by an analysis of 
the feedwater in the shell side of the reboiler. 

The shell side of a reboiler is also provided with the 
following connections: 

* two liquid-level gage glass connections, 

* two liquid-level control sensing connections, 

* two relief valve connections for over pressurization 

protection, 

* one pressure gage connection, 

* one sampling connection for checking the boiler wa- 

ter chemistry, and 

* one vent connection used for filling and draining 

operations. 


Periodically the reboiler is cleaned to remove deposits 
of grease, dirt, or soft scale from the U-tube external 
surfaces. This operation includes using a high-velocity 
water lance to remove as much soft scale and sludge from 
the tube bundle and shell as possible, followed by chemical 
cleaning. 

6.10 Hot-Water Heaters. Hot-water heaters are used 
to provide water at controlled temperatures for shower, 
lavatory, galley, and similar services. Hot-water heaters 
are generally steam heated and can be classified into two 
types: storage heaters and instantaneous heaters. A stor- 
age type of heater has the advantage that the water can 
be heated and stored during nonpeak periods of hot- water 
demand, thus reducing the peak heating-steam require- 
ment. Also, a less sophisticated temperature control de- 
vice is required for a heating rate that is independent of 
the rate of hot- water withdrawal. The disadvantages of a 
storage type of heater are the heat lost from the hot water 
in storage and the heater's bulk; however, the heat loss 
is rarely a deciding factor. Space and weight are usually 
at a premium aboard ship, in which case an instantaneous 
hot- water heater, which heats the water as fast as the 
rate of withdrawal, should be considered since a large 
storage tank is not required. 

Figure 40(a) illustrates the storage type of hot-water 
heater and its accessories. The notable features of this 
heater system are the pump, which circulates the water 
from the tank to the heating element, and the thermal 
bulb [labeled f ‘remote bulb JT in Fig. 40(a)] located at the 
outlet of the heating element. It can be seen from this 
arrangement that the heat input to the system is indepen- 
dent of the rate of hot-water withdrawal. The flow circula- 
tion rate, together with the thermal bulb and the tempera- 
ture of the water to be circulated (i.e., temperature of the 
water at the lower part of the tank, which may or may 
not mix with the inlet cold water), will dictate the heat 
input rate through the action of the control valve. The 
control valve regulates the amount of steam admitted as 
well as the steam pressure. If the water circulation rate 
is sufficiently larger than the peak hot-water withdrawal 
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{a) Storage Type of Hot-Water Heater 



Fig. 40 Hot-water heaters 


rate, then the storage tank is not necessary and the stor- 
age type of heater becomes an instantaneous heater. 

The most complex aspect of a hot-water heating system 
lies in the scheme of temperature control. Figure 40(h) 
illustrates the principles involved in controlling the tem- 
perature of a typical instantaneous hot- water heater. The 
flow bypass gate bypasses a small portion of the inlet cold 
water,' and the bypassed cold water is directed to flow 
over the thermal' bulb (or temperature-sensing element) 
located in the water outlet channel. The amount of cold 
water bypassed depends not only upon the adjustment of 
the bypass opening but also on the pressure difference 
between the inlet and outlet sections of the waterbox. The 
pressure difference between the inlet and outlet sections 
of the waterbox is created by flow friction inside the heat- 
ing tubes and, therefore, is flow-rate sensitive. Conse- 
quently, the thermal bulb, which actuates the steam con- 
trol valve, senses the combined effect of the hot-water 
outlet temperature, the cold-water inlet temperature, and 
the hot-water withdrawal rate; as a result, the time lag of 
the steam control-valve action is minimized. The shrouds 


around the thermal bulb point up another critical aspect 
of the design, namely, that the flow around the sensing 
element should be guided to produce an accurate signal 
that gives a prompt indication of an incipient temperature 
change. 

The permissible variation in the hot- water outlet tern- 
perature should not be overspecified. A hot-water outlet 
temperature variation of 10 deg F will result in a hot- 
water heater system of less expense and complexity than 
would be the case if a 5 deg F variation were specified. 
However, there is a tendency for hot-water heater pro- 
curement specifications to stipulate an outlet temperature 
control of ±5 deg F at varied flow rates [23]. 

6.11 fa it- Sots Heat Exchangers. Some heat ex- 
changer applications require a design that precludes the 
entry of one fluid into the other in the event of a tube or 
tubesheet leak. For example, the contamination of conden- 
sate systems by seawater or fuel oil must be prevented. 
Electronic equipment coolers and hydraulic system oil 
coolers are also areas where “fail safe" heat exchangers 
are used. Such arrangements are advantageous in many 
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Fig. 41 Doubled ube, double- tub* iheet heat exchanger 
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naval applications since the general lack of “contami- 
nated” steam systems on Navy ships increases the neces- 
sity to take adequate precautions to prevent oil contamina- 
tion [21], 

Double-tubesheet and double-tube, double-tubesheet 
exchangers are often specified for Navy applications 
where a fail safe feature is desired [6], Figure 41 is a 
cutaway view of a double-tube, double-tubesheet heat ex- 
changer as provided for hydraulic-oil cooling aboard sub- 
marines* Any leak that develops at the tube-to-tubesheet 
joint or as a result of a tube rupture will flow to the void 
between the double tubesheets and out the drain* Alarm 
devices may also be incorporated to automatically warn 
of leakage into this void space. Similar designs with only 
the double-tubesheet feature are used on seawater-fresh- 
water coolers to reduce the risk of saltwater contami- 
nation. 

6.12 Reactor Water Purification Heat Exchanger*. The 

reactor plant purification system contains a regenerative 
and a nonregenerativ^e purification heat exchanger. The 
function of the exchangers is to reduce the temperature 
of the reactor plant water prior to it entering the deminer- 
alizer* The regenerative purification heat exchanger has 
reactor plant water flowing on both sides of the unit The 
nonregenerative purification heat exchanger has reactor 
plant water flowing in the tubes and fresh water flowing 
in the shell. 

The purification heat exchanger is a U-bend or hairpin 
shell-and-tube heat exchanger* In a conventional heat ex- 
changer, the U- tubes are in a single shell. The purification 
heat exchanger can be best described as each leg of the 



U-tube having a separate shell. The shells are connected 
by a half-torus that also encases the bends of the tube. 
The heat exchanger is categorized as an integral shell, 
tubesheet, and head assembly. A cover is bolted to the 
head for access to the tube ends. A typical purification 
heat exchanger is illustrated in Fig, 42* 

The U- tubes are used as a means of separating the 
thermal expansion in the tubes from that of the shell and 
still maintaining a single-pass, counterflow, purification 
heat exchanger. The U-bend shell-and-tube heat ex- 
changer is utilized when it is not practical to locate an 
expansion joint in the shell* The regenerative and nonre- 
generative heat exchangers are usually identical, thus 
making the heat exchangers physically and functionally 
interchangeable. 

6*1 3 Motor-Generator Heat Exchanger. A motor-gen- 
erator is generally a deck-mounted machine that is used 
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Fig. 43 Mofor^ generator heat exchanger 

to supply electrical power in either direction between the 
d-c bus and the a-c ship's service power system. It is com- 
posed of an a-c machine and a d-c machine, both of which 
can operate either as a motor or a generator. A motor- 
generator is typically rated at 300 kW either a-c to d-c or 
d-c to a-c. 

A motor-generator is totally enclosed, and two motor 
generator heat exchangers, as illustrated in Fig. 43, are 
used to cool the recirculated air. One heat exchanger is 
mounted above the a-c unit with its water connections 
situated side by side. The other is mounted above the d-c 
unit with its water connections one above the other. A 
blower is mounted on the outer end of the d-c armature. 
This blower draws the heated air from within the frame 
and impels it through the filters and air duct, which lead 
to the heat exchanger at the d-c end. The air is cooled as 
it passes across the heat exchanger coils. The cooled air 
passes across the reactor and rectifier assembly, and the 
cycle is repeated. Two blowers are mounted on the shaft, 
one on each side of the a-c rotor, and circulate the air in 
a clockwise and a counterclockwise pattern through the 
heat exchanger at the a-c end to cool the rotor, field resis- 
tors, and the rectifier transformer. 

The heat exchangers are the wire-wound, double-wall, 
tube type, as shown in Fig. 44(a). The double walls prevent 
the entrance of seawater into the airstream. Actually, this 
is an arrangement of two tubes, one inside the other. The 
inside surface of the outer tube is grooved to provide a 
passage for seawater, which may leak from the inner 
tube. The inner tube extends through an inner tubesheet 
to the outer tubesheet as shown in Fig. 44(h). The outer 
tube extends only to the inner tubesheet. Vents are pro- 
vided at the top of the heat exchangers. These are 0.405- 
m, -diameter tubes, one on each end of the two heat ex- 
changers, which must remain open for the double-tube 
leakage warning system. Drains are provided at the bot- 
tom of the heat exchangers. There are also 0.405-in.-diam- 
eter tubes, one on each end of the two heat exchangers, 
which serve to warn of tube leakage. The 0.540-in .-diame- 
ter tubes, two on each end, are conventional closed vent 
and drain tubes and should be connected to proper piping 
to allow drainage of water or air from the cooling system. 
The temperature within the motor-generator is regulated 



(a} Inner and outer lube detail 



(b) Tube, tubesheets and waTerbo* detail 
Fig. 44 Construction details of motor-generator heat exchanger 


by controlling the flow of water through the heat ex- 
changer by use of a throttling valve. 
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Desalination Plant Designs 


LI Introduction. Desalination plants are used aboard 
ship to produce high-purity fresh water from seawater. 
Desalination plants are also used to purify freshwater 
supplies of insufficient quality. The capacity of marine 
desalination plants varies from several hundred gallons 
per day (24 hours) up to 100,000 gallons per day (gpd) or 
more, depending upon the size, type of propulsion plant, 
and purpose of the ship* 

A supply of fresh water is required to furnish high- 
purity makeup water for boilers and potable water for 
drinking, cooking, dishwashing, ablutionary, hospital, and 
laundering purposes. Additional capacity is often incorpo- 
rated to supply freshwater sanitary systems and for spe- 
cial freshwater cooling systems, such as used with some 
electronics equipment. 

Fresh water can be produced from seawater by using 
either a thermal or a membrane desalination process. The 
thermal distillation process involves the use of heat to 
physically separate fresh water from the dissolved solids 
in seawater by transforming the freshwater portion of 
the seawater feed to vapor, which is subsequently con- 
densed. Of the membrane desalination processes that may 
be considered, reverse osmosis provides a proven capabil- 
ity to effectively and continuously produce fresh water 
from seawater. The reverse-osmosis desalination process 
is based upon reversing the phenomenon of osmosis. Os- 
mosis is the natural form of solution diffusion that causes 
a less-concentrated liquid solution to flow through a semi- 
permeable membrane into a more-concentrated solution. 

The specifications for distilling plants used on naval 
ships [1,2] and those published by the U.3. Maritime Ad- 
ministration [3] require a distillate purity of less than 
0.065 equivalent parts per million of chlorides. This is 
equal to V 4 of a grain of sea salt per gallon, or about 4.3- 
ppm total dissolved solids. Most marine distilling plants 
can produce distillate substantially below these limits. The 
specifications for nuclear-powered naval ships require a 
distillate purity of one-half that of the normal specifica- 
tions, or % grain of sea salt per gallon. Tests on marine 
distilling plants demonstrate that the units are capable 
of producing water containing less than 1.0 ppm total 
dissolved solids. 

The purity of the fresh water produced by membrane 
processes is permitted to be less than that specified for 
thermal distillation processes. The World Health Organi- 
zation standards permit a maximum salinity content of 


500 ppm of total dissolved solids for potable water uses 

[ 4 ]. 

When operating in normal seawater of 35,000-ppm sol- 
ids (a defihition of “normal” seawater, which is found in 
most areas of the Atlantic and Pacific Oceans, is given in 
The Oceans by Sverdrup [5]), a distilling plant should be 
capable of operating for a period of at least 90 days at 
rated capacity without shutdown for cleaning. Depending 
on the specific design, this can be accomplished with or 
without chemical feed treatment. Such extended op- 
erating periods without shutdown for cleaning is a re- 
quirement of both the standard Navy specifications and 
U.S. Maritime specifications for shipboard distilling 
plants. 

L2 Early Distilling Plant Designs. The advent of the 
steam engine and its adaptation to seagoing ships pro- 
vided the impetus to develop the steam-heated distilling 
plant concept to provide makeup feedwater for the boiler. 
The large quantity of saturated steam available made it 
a logical source of energy for a distilling plant As shown 
by Fig, 1, the early single-effect distilling plants were 
designed to consist essentially of an evaporator to evapo- 
rate seawater by means of steam-heated tubes or coils, a 
condenser (called a distilling condenser or more simply a 
distiller) to condense the vapor, and the necessary inter- 
connecting piping, valves, etc. to allow operator control 
and provide a packaged system. 

Multiple-effect plants were generally used for the 
larger capacities so as to reduce the amount of operating 
steam required. In multiple-effect plants, the vapor from 
the first evaporator (first-effect evaporator) is condensed 
in the coils of a second evaporator (second -effect evapora- 
tor), thereby serving as the heating medium, etc. with the 
vapor from the last effect only being condensed in the 
distiller. 

Figure 2 illustrates a type of submerged-tube evapora- 
tor commonly used in the early distilling plants. The hori- 
zontal-tube evaporator shown by Fig. 2 required conserva- 
tive heat-transfer design criteria in order to attain a level 
of performance considered acceptable in its day. With 
brine temperatures maintained below 130 F r the fouling 
of tube surfaces was minimal, and for brine temperatures 
up to 180 F the scale formation was not considered exces- 
sive provided the temperature gradient across the heating 
tubes was maintained below 50 F. At temperatures above 
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180 F, scale formed rapidly such that vapor temperatures 
above 250 F were not considered practicable. 

“Cold shocking*’ or thermally cracking the scale forma- 
tion from heating tubes by suddenly changing the temper- 
ature of the tube metal was a technique used to minimize 
the extent of manual tube cleaning required. Cold shock- 
ing improved the heat-transfer rates of the tubes, espe- 
cially for the so-called ''self-scaling*' tube designs, which 
were in the form of helical coils or bowed tubes with 
restrained ends such that the tubes were distorted by a 
temperature change. However, the cold-shocking process 
was only partially effective. Scattered patches of scale 
were left on the tubes and they sometimes built up to 
a considerable thickness before cracking off. The heat- 
transfer rates obtained after cold shocking were consider- 
ably less than for tubes that had been thoroughly cleaned 
{descaled}. 

The high maintenance associated with submerged -tube 
evaporators was recognized and, insofar as practicable, 
design provisions were made to facilitate their care and 
cleaning. However, despite the efforts to improve the de- 
sign of the early submerged-tube evaporators, they con- 
tinued to be characterized by high operating costs, high 
maintenance costs, complex piping systems, and poor per- 
formance under continued service conditions. 

The “basket'* type of evaporator was developed to avoid 
many of the problems associated with the early sub- 
merged-tube evaporator concepts. As illustrated by 
Fig, 3, a basket evaporator is configured as a deeply corru- 
gated cylindrical chamber. The finger-like corrugations 
provide a large amount of heat-transfer surface in a lim- 
ited volume; also, the corrugated design permits the re- 
moval of accumulated scale by cold shocking. Cold shock- 
ing involves draining the brine from the unit and 
admitting steam at about 15 psig (250 F) to the basket 
heating section. The flat sides of the corrugations expand 
and the scale on the basket exterior surface dries. The 
steam line is then secured, and cold seawater is allowed 
to cascade over the basket The steam inside the basket 
condenses, and the pressure inside drops from 15 psig to 
approximately 28 in. Hg vacuum, which causes the flat 
sides of the basket to contract. The scale is, consequently, 
cracked off the basket. The basket-type of evaporator 
design permits a compact configuration, which provides 
advantages in some submarine, and other, applications. 
However, the development of the flash type of distilling 
plant and effective scale-control chemical feed treatment 
was responsible for the obsolescence of the basket-type 
evaporators. 

The state of the art of distilling plant design has evolved 
considerably . A variety of distilling plant designs has been 
developed from which the most appropriate system for a 
given marine power plant can be selected. The desalina- 
tion plant designs most commonly considered for marine 
use can be broadly classified as those using: 

• Flash evaporators 

• Spray-film evaporators 

• Submerged-tube evaporators 

• Plate-type evaporators 


* Vapor-compression cycles 

* Membrane processes 

1.3 Flash Evaporator Designs* 

a. Marine flash evaporators. The multistage flash 
evaporator was a revolutionary design development be- 
cause, unlike submerged-tube evaporators, which have 
heating surfaces submerged in boiling seawater, the 
flash-evaporator concept causes the seawater to “flash** 
into water vapor; no boiling occurs on the heat-transfer 
surfaces. Since the initial application of flash evaporation 
to marine distilling plants, the majority of all steam-driven 
ships, commercial and naval, have been equipped with 
flash-type distilling plants for the supply of makeup feed 
and potable water. Flash evaporators became widely ac- 
cepted for application in marine distilling plants primarily 
because their low operating temperatures result in virtu- 
ally scale-Tree performance with normal seawater. Chemi- 
cal treatment of feedwater is not normally required in 
connection with low-temperature flash evaporators as 
they can operate three months or more without feed treat- 
ment, and without shutdown for cleaning. In addition to 
being smaller and lighter for a given capacity, the flash- 
type evaporator is also simpler to operate, which is an 
advantage from an automation standpoint 

A flash-type evaporator produces distilled water by dis- 
charging heated seawater into a chamber that is main- 
tained at a pressure lower than the vapor pressure of the 
entering heated seawater, and subsequently condensing 
the flashed water vapor thereby produced. Figure 4 is 
a simplified diagram that illustrates the basic internal 
construction of a two-stage flash-type distilling plant. The 
majority of the flash-type marine units are of the 
multistage design with integral horizontal condenser tube 
bundles. The heated seawater is introduced through a 
flashing device in each stage to achieve the most effective 
flashing of a portion of the incoming feedwater (heated 
seawater) into vapor. The design of the flashing device is 
of critical Importance because it must provide an optimum 
feedwater spray pattern that facilitates the flashing pro- 
cess, and it must also maintain a pressure differential 
between successive stages. As the feedwater leaves the 
flashing device, the spray is directed downward in cur- 
tains of water. The first separation between the flashing 
vapors and the feedwater occurs at this point. The down- 
ward velocity of the feedwater directs all but the fine 
droplets to the lower section of the flash chambers. The 
small droplets that are entrained in the flashing vapor are 
removed in the demisters located in the upper portion of 
the distilling plant, after which the vapors pass to the 
stage condenser. It is most important that the design in- 
corporate a positive seal around the demisters to prevent 
the passage of any salt-laden droplets around the 
demisters. 

Since the vapor pressure of the heated feedwater enter- 
ing the first stage is higher than the first-stage chamber 
pressure, a portion of the feedwater flashes into vapor, 
thereby removing heat from the feedwater until the tem- 
perature of the feedwater reaches the saturation tempera- 
ture corresponding to the chamber pressure. The heated 
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feedwater is evaporated by a pressure reduction instead 
of a temperature elevation. After an equilibrium condition 
is reached in the first stage, the remaining feedwater 
(brine) is introduced into a second stage that is maintained 
at a lower pressure than the first, and the process is 
repeated. The distillation process can operate from a posi- 
tive pressure in the first stage to a high vacuum in the 
last stage, with a stage-to-stage pressure differential be- 
ing the key to repeated flashing. 

The freshwater distillate is collected in the bottom of 
the condenser section of the stage and is allowed to flow 
to the next stage condenser, where it is combined with 
the distillate from that stage* The process is repeated, 
depending on the number of stages, and the distillate is 
removed from the last stage by a distillate pump. 

Plash evaporators generally use a “once-through” sys- 
tem whereby the entire seawater feed is preheated 
through the stage condensers and seawater feed heater 
and allowed to flash down through the stages* The resul- 
tant brine from the last stage is pumped overboard. Ap- 
proximately 20 gallons of seawater is required for each 
gallon of fresh water produced in a once- through flash 
distilling plant 

The flash distilling plant schematic illustrated by Pig* 
4 shows that the entering seawater feed is used as the 
condenser coolant, thereby reducing the quantity of heat 
which must be added in the seawater heater. This feature 
is shown in more detail in Fig. 5, which is a flow diagram 
for a typical 8000-gpd, two-stage, flash distilling plant* 

As indicated by Fig. 5, the initial vacuum in the stages 
is normally created by a high-pressure steam-driven air- 
ejector vacuum system, but motor-driven vacuum pumps 
or water-motivated air eductors are sometimes used 
where high-pressure steam is not available. The stage 
condenser bundles are internally baffled to direct the flow 
of noncondensible gases to vent connections leading to 
subsequent stages or to the air ejector. The air ejector is 
normally of the one- or two-stage noncondensing type. 
It is suitably sized for the efficient removal of air and 
noncondensible vapors from the distiller condensers* Air 
ejectors are covered in more detail in Section 2.6 of this 
chapter. 

The seawater heater and separate or “built-in" air ejec- 
tor condenser are usually of the multipass shell-and-tube 
type with removable flanged waterboxes. The seawater 
flows through the tubes. At rated capacity, the seawater 
velocity through the heat exchanger tubes should not ex- 
ceed 6 fps in tubes made of 90^10 copper-nickel, 9 fps In 
70-30 copper-nickel tubes, or 12 fps in tubes made of 
titanium. The condensers and seawater heater may be 
provided with means for cathodic protection in a manner 
similar to that described in Chapter 16 in connection with 
other heat exchangers in seawater service. 

The seawater heater is usually designed to maintain the 
temperature of the feedwater entering the first stage of 
the evaporator between 165 and 175 F* This temperature 
range is high enough to satisfy the pasteurization temper- 
ature requirements of the U. S. Public Health Service [6], 
and is low enough to minimize scale formation. The steam 


condensate temperature from the seawater heater does 
not exceed 200 F under normal operating conditions* 

A shell-and-tube distillate cooler, or perhaps another 
type, is installed when the evaporator is to provide potable 
water. The distillate cooler is designed to provide a distil- 
late temperature leaving the distilling plant of 95 F or less 
with an initial seawater temperature of 85 F* Occasionally, 
this cooler is incorporated as an integral part of the last- 
stage condenser bundle* 

Shown in Fig. 6 is a feature frequently provided for 
distilling plants that must operate in polluted harbors. 
When in polluted harbors, it is desirable to use water from 
shore as feedwater to the distilling plant. To reduce the 
amount of shore water that is required to operate the 
distilling plant, the feedwater is recirculated through the 
seawater heater. Temperature levels are maintained in 
the distilljiig plant by circulating harbor water through 
the stage condensers and then overboard. Thus, the pol- 
luted harbor water is not put into the evaporator heater 
and the flash chambers; this is an important feature in 
some harbors that are highly polluted and contain debris 
and mud, which can seriously impair normal plant opera- 
tion by clogging and fouling high-temperature tube sur- 
faces. The most serious problem caused by polluted feed- 
water is the introduction of highly corrosive gases, such 
as hydrogen sulfide and ammonia, which when heated can 
attack copper-bearing alloys* 

Marine distilling plants incorporate a solenoid-operated, 
three-way dump valve that is located in the distillate dis- 
charge line. The valve discharges the distillate to the bilge 
if the salinity of the distillate exceeds 0*25 grains of sea 
salt per gallon (or any other specified preset control point). 
The solenoid is energized by the salinity-indicating system 
and operates whenever the salinity system is energized, 
regardless of the position of the cell selector switch on 
the salinity panel* The valve also diverts the flow of distil- 
late to the bilge upon interruption of electric current to the 
salinity indicator* A high-salinity audible alarm is usually 
installed to indicate the occurrence of a salinity level in 
excess of a preset value* 

All interconnecting piping between packaged compo- 
nents (including valves and fittings) is provided by the 
manufacturer of the plant. Orifice plates and desuper- 
heater nozzles for installation in the steam supply line 
are normally furnished by the plant manufacturer but 
packaged separately for installation by the shipbuilder or 
owner. 

The following items are also common to a packaged 
flash evaporator such as illustrated by Fig. 7: 

* Seawater supply pump and motor with pressure gage 
at pump discharge usually separately mounted from the 
distilling plant package* 

* Controls for unattended and automatic operation: 

1. Steam pressure- regulating valve that is required 
when the steam supply pressure is subject to fluctu- 
ation. 

2. Seawater temperature-sensing switch and timer for 
dumping the distillate to the bilge in case the seawa- 
ter temperature leaving the heater falls below 165 
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Fig, 7 Photograph of flash evaporator 


F. The timer will not permit the distillate to be re- 
turned to the storage tanks until the unit is thor- 
oughly flushed out; adequate flushing normally re- 
quires at least 15 minutes, 

3, High brine level alarm to be located in the last evapo- 
rator flash chamber. 

4. Desuperheater failure alarm switch, 

5, Automatic temperature control valve maintaining 
the seawater heater outlet temperature at 170 F. 

6. Brine and distillate level controllers. 

• Instrument panel. 

* Control panel. 

b. Brine recirculation systems. The “long-tube" type 
of flash evaporator, which is illustrated by Fig. 8, is a 
design normally applied to large-capacity evaporators 
(over 100,000 gpd) and is therefore commonly used for 
large-scale “land" desalination plants. The design of the 
long-tube type of flash distilling plant is similar to that of 
the marine flash evaporator except that the condenser 
tubes traverse uninterruptedly through several stages 
and over the full length of a multistage evaporator vessel. 
Marine flash distilling plants have individual cross-tube 
condenser bundles for each stage. 

A “brine recirculation" system, such as shown by Fig. 
8, is sometimes designed to operate at temperatures up 
to 250 F; however, to better control the formation of scale, 
reduce the consumption of chemicals, and lower mainte- 
nance costs, the maximum operating temperature may be 
limited to 230 F. The brine recirculation feature permits 
operation at higher evaporator temperatures and, at the 


same time, reduces the amount of feedwater chemical 
treatment required as compared with that which would 
be required for “once-through" operation at the same tem- 
perature. 

In a brine recirculation system, filtered raw seawater 
is pumped through the tubes of the last few evaporator 
stages and is discharged. The raw coo! seawater flowing 
through the tubes removes heat from the last stages; 
therefore, this region is termed the heat rejection section 
of the plant 

The major portion of the seawater coolant is discharged 
back to the ocean; however, part of it is retained as 
makeup water. As indicated by Fig. 8, the makeup water 
is chemically treated (with sulfuric acid) for scale control, 
then deaerated to remove the noncondensible gases for 
corrosion control purposes. Chemical treatment is neces- 
sary to retard the formation of scale on the heat-transfer 
surfaces and to permit long-run operation of the plant 
without the necessity of shutting down for cleaning. The 
deaerated and chemically treated makeup water is mixed 
with the recirculated brine and is introduced into the last 
heat regenerative stage. The brine mixture is then 
pumped through the tubes of the heat regeneration stages 
and the brine heater by the recirculation pump. 

In order to maintain a material balance in the system, 
a portion of the recirculated brine from the last stage 
is discharged to the ocean. The blowdown flow rate is 
controlled by the brine level in the last stage. The brine 
density is controlled by the ratio of seawater to blowdown 
flow rates. 
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As the brine flows through the condenser tubes of the 
heat regeneration section, it is heated progressively in 
each stage by the vapors which condense on the outer 
tube surfaces. The brine then passes through the tubes 
of the brine heater for final heating to its terminal temper- 
ature, Low-pressure steam is used to heat the recirculat- 
ing brine flowing through the tubes of the brine heater. 
On many large land-based plants, high-pressure steam is 
used to drive the feed or brine pumps or both, and the 
turbine exhaust steam is used in the brine heater. The 
condensate formed from the heating steam is discharged 
from the heater by the condensate pump. 

The heated brine is returned to the shell side of the first 
stage for flashing. The recirculating brine flows succes- 
sively from the first to the last stage, flashing in each 
stage, Distillate is formed on the stage condenser tubes 
by condensing the flashed vapors. The distillate collects 
in a distillate trough, which is common to all the stages 
and flow's from the first stage to the last stage. The distil- 
late is pumped from the last stage into the distillate stor- 
age system. 

c. Once-through systems. The operating principle 
of once-through systems is the same as that for recirculat- 
ing systems except that once-through systems are de- 
signed to operate at temperatures up to 195 F. 

In order to achieve long-run uninterrupted operation of 
the plant, it is necessary to retard the formation of scale 
deposits; this is accomplished by continuously injecting a 
measured amount of polyphosphate feed treatment com- 
pound into the feedwater. Anti-foam compound can also 
be introduced when needed because of pollutants which 
cause excessive foaming in the evaporator chambers. 

Treated seawater is pumped through all of the condens- 
ing tubes, from the last stage to the first, en route to the 
feedwater heater. As the feedwater flows through the 


condenser tubes, it is heated progressively in each stage 
by the vapors which condense on the tube outer surfaces. 
The feedwater then passes through the tubes of the feed- 
water heater where it is heated to its terminal temper- 
ature. 

The heated feedwater is discharged to the shell side of 
the evaporator first stage for flashing. The remaining 
brine flows successively from the first to the last stage, 
re flashing in each stage, and is pumped from the last 
stage back to the ocean, 

1,4 Spro y-FI I m Eva p© rat© r* . B y a n aly zing th e tempera- 
ture gradients involved with the transfer of heat through 
tube walls, it becomes apparent that if thin films of liquid 
can be maintained on the tube walls, a relatively higher 
overall heat-transfer coefficient can be achieved. The 
“spray-film'' evaporator is a form of th in-film evaporator. 
Spray-film evaporators have been installed aboard com- 
mercial ships and arranged to use condensate from the 
main propulsion plant condenser as the coolant in the 
distilling plant condenser. With such an arrangement, the 
condensate-cooled distilling plant accomplishes a second- 
ary objective of functioning as a low-pressure feedwater 
heater in addition to its primary objective of producing 
potable and high-purity makeup feedwater from seawa- 
ter, The combination results in a higher overall cycle effi- 
ciency. A typical flow diagram of a condensate-cooled 
spray-film evaporator is shown in Fig. 9. 

The heating bundle of a spray-film evaporator consists 
of a horizontal tube bundle with the heating medium on 
the inside of the tubes. The heating medium can be bleed 
steam from a steam turbine or steam produced from diesel 
engine or gas turbine waste heat. The brine level is main- 
tained in a hotwell below the evaporator tube bundle and 
a brine pump provides the necessary pressure to recircu- 
late the brine to the spray nozzle header. Recirculated 
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Fig. 9 Cond emote -cooled spray-film evaporator flow diagram 


brine from the spray nozzles is “sprayed” over the top of 
the heating surface where it flows from tube to tube in 
thin films, resulting in relatively high "thin-film" heat- 
transfer rates. The outer row of tubes in the tube bundle is 
often fitted with titanium tubes because of the increased 
resistance of titanium to erosion caused by impingement 
of the seawater spray. An automatic chemical feedwater 
treatment system is provided to retard the formation of 
scale on the heating surfaces. The mechanics of the thin- 
f ilm heat-transfer concept is conducive to the development 
of hot spots on the tubes, where scale deposits accumu- 
late. A reliable chemical feed treatment program is, there- 
fore, essential to avoid an accumulation of scale. 

The vapor generated at the tube surface counterflows 
through the curtain of recirculated brine, and fine liquid 
droplets are thereby removed from the vapor. Removal 
of the liquid droplets in this manner, coupled with the 
secondary entrainment separation in the demister column, 
enables the production of distillate having a very high 
purity. 

A steam-motivated air ejector or mechanical vacuum 
pump can be used to maintain a low shell pressure in 
the evaporator. The air ejector after-condenser can be a 
Separate heat exchanger or it can be incorporated within 
the evaporating heating bundle, thereby utilizing the heat 
content of the air ejector steam without necessitating a 
separate after-condenser heat-exchanger assembly. 

Sinee a spray-film evaporator operates at relatively 
higher shell pressures and lower feed rates than a marine 


once-through type flash evaporator, the vacuum equip- 
ment handles a lower volume of entrained air and corro- 
sive gases and at a lesser vacuum level. Asa result, the 
application of vacuum pumps in lieu of air ejectors be- 
comes a more attractive alternative. 

To ensure conformance with the regulations of the U.S. 
Public Health Service [6], the shell temperature must be 
maintained at a minimum temperature of 165 F for at 
least 7 seconds so as to pasteurize the vapor and distillate, 
A temperature switch is provided to sense the shell tem- 
perature and actuate the distillate dump valve, diverting 
the distillate to waste should the shell temperature fall 
below the 165 F minimum. Where lower operating temper- 
atures are desirable or necessary due to a low-tempera- 
ture heating medium {such as engine jacket water), a sepa- 
rate distillate sterilizer must be incorporated for this 
purpose. When needed, the sterilizer is usually a thermo- 
statically controlled electric immersion heater. 

As indicated by Fig. 9, a blowdown cooler cools the hot 
blowdown while simultaneously preheating the incoming 
makeup feedwater. The brine concentration in the evapo- 
rator sump is maintained at the proper density by setting 
a continuous blowdown rate. 

A distillate cooler is used to reduce the temperature of 
the distilled water produced. Seawater is normally used 
as a coolant in the distillate cooler in order to cool the 
distillate to a “potable water” temperature before it is 
discharged into a potable water tank. 
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1.5 Subfnerged-Tube Evaporators. The history of sub- 
merged-tube evaporators can be traced back for many 
years; Fig. 2 illustrates one of the early designs. Never* 
theless, submerged-tube evaporators continue to provide 
advantages in some applications. Submerged-tube evapo- 
rators are well suited for some operations with low-tem- 
perature, low-quality steam. They are readily adapted for 
waste-heat recovery applications where a supply of hot 
water (e.g. t engine jacket water) is available. Figure 10 is 
a schematic diagram of such a heat-recovery application. 

An engine jacket-water temperature in the range of 
190 to 200 F would be preferred by the distilling plant 
engineer; however, efforts by diesel engine designers to 
produce high-efficiency engines have caused the heat re- 
jected to the jacket water and exhaust to decrease. As a 
result, jacket-water temperatures in the range of 165 to 
180 F are common. 

From a balanced perspective, the ideal jacket-water 
temperature to the distiller is usually in the range of 
175 to 180 F. This allows a temperature drop across the 
distiller heating section of 15 deg F, which is practicable 
and results in a return temperature of 160 to 165 F — 
well within the design parameters of most engine cooling 
systems. As indicated by Fig, 10, good practice requires 
that only a portion of the engine jacket-water flow be 
cooled by the distiller; therefore, a portion of the engine 
jacket water is routed through the distiller heater section, 
cooled 15 deg F, and recombined with the hot jacket- water 
flow, thereby having a relatively small effect on the tem- 
perature of the combined flow. The combined jacket-wafer 
flow is then cooled to the proper temperature by the en- 
gine cooling system before being returned to the engine. 

For most applications, submerged-tube evaporators 
having a single effect are used. Multi-effect evaporators 
offer improved economy; however, those having a single 
effect provide the advantages of simplicity, ease of opera- 
tion, and lowest cost 


Submerged-tube evaporators are generally designed to 
operate under vacuum conditions. Lower operating pres- 
sures result in an increase in the size of the evaporator's 
envelope, because of the corresponding increase in the 
specific volume of the water vapor; however, the increase 
in the evaporator size is warranted by the improvement 
in plant operation and the reduced formation of scale de- 
posits. At operating temperatures of 156 F and less, the 
scale deposited on the seawater side of the heat-transfer 
surfaces consists primarily of calcium carbonate, and the 
rate of deposition does not normally interfere with plant 
operation. Chemical cleaning with citric or sulfamic acid 
is generally sufficient to remove the scale and bring the 
system back to a “clean tube” condition. 

At operating temperatures in the range of 150 to 200 
F, a mixed calcium-carbonate, magnesium-hydroxide scale 
is formed. To control this scale formulation, a scale inhibi- 
tor, usually polyphosphate, is injected into the seawater 
supply at a dosage rate of 3 ppm. Properly maintained, 
an evaporator can operate 90 days before acid cleaning is 
necessary. 

Submerged-tube evaporators are composed of heating, 
moisture separating, and condensing sections, and all 
such evaporators are similar in design configuration. The 
heating section is typically arranged in the lower portion 
of the evaporator vessel, and steam or hot water is used 
as the heating medium. The heating fluid flows through 
the inside of the tubes, and seawater surrounds the out- 
side of the tubes. 

The water vapor produced in the heater section of the 
plant rises and passes through the moisture separator, or 
demister, which is usually a “mesh” design that is made 
of a noncorrosive material such as stainless steel or monel. 
The velocity of the water vapor as it passes through the 
moisture separator is of great importance because an ex- 
cessive vapor velocity can entrain droplets of seawater 
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and carry them through the separator into the distillate 
section. 

The water vapor leaving the moisture separator is di- 
rected to the condenser section, where the incoming cold 
seawater is used as the condensing medium. A portion of 
the seawater that is heated in the condenser is used as 
the feedwater supply to the heating section and the re- 
mainder is discharged overboard. 

The condensed water vapor is withdrawn from the con- 
denser section by a distillate pump. The distillate is moni- 
tored by a salinity cell, which directs the discharge to 
storage when the distillate is of acceptable purity, but 
diverts the flow overboard in the event of high salinity or 
a loss of power. When the maloperation has been cor- 
rected and the distillate purity is satisfactory, the valve 
usually must be manually reset to redirect the distillate 
flow to storage. 

Depending on the ship's requirements and operating 
conditions, a sterilizer heater may be provided to heat the 
distillate for potable services to 165 F in accordance with 
the requirements of the U.S. Public Health Service [6], 

The evaporator operates at a subatmospheric pressure; 
therefore, an air-removal system must be provided to re- 
move air and other noncondensible gases that are released 
from the boiling seawater. If there is a source of steam 
at 75 to 150 psig pressure, a steam-operated air ejector is 
an effective means of removing noncondensible gases. 
Alternatively, a motor-driven vacuum pump may be used. 
Another arrangement that is advantageous in some appli- 
cations is the use of a water-motivated air eductor, as 
indicated by Fig. 10. 

A water-motivated air eductor can be designed to effec- 
tively remove the noncondensibles and maintain the vac- 
uum within the evaporator by using the excess seawater 
coolant supply as the motivating force. The quantity of 
seawater required to condense the water vapor produced 
far exceeds that required for feedwater; therefore, the 
excess seawater coolant can be used to operate an air 
eductor en route to being discharged overboard. However, 
if this is done, the seawater supply pressure must be a 
minimum of about 60 psig and the condenser must be 
designed for the higher pressure. The orifice shown in the 
seawater overboard discharge line in Fig. 10 is sized to 
provide sufficient back-pressure to motivate an eductor. 

Similarly, as also indicated by Fig. 10, a brine eductor 
may be used, as an alternative to a motor-driven brine 
pump, to remove the excess brine and maintain the brine 
level in the heater section of the evaporator. The operating 
principles of a brine eductor are similar to those of an air 
eductor, and a brine eductor also requires a source of 
high-pressure seawater. 

1 .6 Plaffl-T ype Eva porato rs , The thermodynamic prin- 
ciples associated with plate-type evaporators are the same 
as for submerged-tube evaporators, except that plates 
are used instead of tubes in the condensing and heating 
sections. In the heating section, the heating fluid and boil- 
ing seawater flow between alternate plates. 

Titanium is the most commonly used plate material, 
and the plates are positioned to form a compact heat- 
exchanger arrangement. As illustrated by Fig. 11, the 


front cover of the unit is usually designed with a bolting 
feature that provides full access to the internal elements. 
This access permits the heat-transfer surfaces to be 
readily inspected and cleaned without the necessity of 
disassembling piping connections. 

Plate-type evaporators are best suited for low-pressure * 
(vacuum) applications because of the difficulties that a 
high pressure would present in maintaining the tightness 
of the extensive mating surfaces. However, close ap- 
proach temperatures can be achieved with plate heat-ex- 
changer designs, and this characteristic can be significant 
in applications such as the recovery of the waste heat in 
engine jacket water that can have a temperature in the 
range of 165 to 180 F. 

The arrangement and operation of plate-type evapora- 
tors are similar to those of the submerged-tube type ex- 
cept that the space requirements and weight of the plate 
type are considerably less. 

1-7 Vapor- Com pres lion Distilling Plants. Vapor-com- 
pression distilling plants are designed for service where 
low-pressure steam or waste heat is not available in suffi- 
cient quantity or quality to operate an evaporator. The 
major advantages of a vapor-compression evaporator are 
its high thermal efficiency and that it operates on a self- 
contained thermodynamic cycle that is dependent only 
upon a source of power to provide the input energy re- 
quired [7]. The power supply may be in Hie form of electri- 
cal energy to operate the electric boiler and drive the 
vapor compressor and pumps, or the compressor can be 
driven by a diesel engine or gas turbine. When the com- 
pressor is driven by a diesel or gas turbine, the exhaust 
gases can be used as auxiliary boiler heat. Special ar- 
rangements can also be made to use steam heating coils 
for the boiler if a small amount of steam is available for 
this purpose. 

A thermal-compression plant is a type of vapor-com- 
pression plant in which a steam-operated jet compressor, 
or thermal compressor, is used instead of a mechanical 
vapor compressor [8]. However, the application of ther- 
mal-compression plants is limited to instances where mo- 
tive steam at 200 psig is available. 

Many offshore drilling rigs are equipped with vapor- 
compression plants as are some gas turbine ships and 
submarines. 

The evaporator in a vapor-compression distillation plant 
can be of any design. Figure 12, which is a diagram of a 
vapor-compression distilling plant that employs a spray- 
film evaporator, illustrates the principles involved with a 
vapor-compression distilling plant. Feedwater is pumped 
through a solenoid valve, control valve, flowmeter, heat 
exchanger, vent condenser tube bundle, and then into the 
spray pipe manifold from which it is sprayed over the 
tube bundle in the evaporator shell. Some of the sprayed 
feedwater striking the hot tube bundle evaporates into 
steam vapors, which are drawn through the demisters 
into the vapor compressor. The concentrated feedwater, 
or brine solution, that is not vaporized collects in the bot- 
tom of the evaporator shell and flows into the evaporator 
sump. The recirculation pump takes suction from the 
evaporator sump and returns the majority of the brine to 
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Fig. 12 Vapor-compression distilling plant with 
spray-film evaporator 


the spray pipe manifold. Incoming feedwater is used as 
cooling water for the recirculation pump mechanical seal 
and is then combined with the recirculating brine. 

The recirculation pump also pumps a portion of the 
recirculating brine through the evaporator sump liquid 
level control to the blowdown side of the heat exchangers, 
and then to discharge. For seawater use, the blowdown 
flow rate is normally set at twice the total distillate flow 
for best operation. 


The boiler section integral with the evaporator provides 
the small quantity of starting and makeup heat required 
for the operation of the distiller. If the boiler is steam 
heated, low-pressure steam is piped into a small U-tube 
bundle to provide the necessary heat. A low-pressure (15 
psig) steam supply free of contaminants is required to 
maintain a compressor suction pressure of 0,5 psig and is 
usually regulated by a diaphragm-type control valve. 

If the boiler is electrically heated, three electric immer- 
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sion heaters are generally used with two of them being 
manually controlled and the third one operated automati- 
cally* AH three heaters are put in service during start-up 
to get the plant up to normal operating temperatures as 
quickly as possible. During normal operation, the manual 
heaters are used as required, along with the automatic 
heater, to maintain a compressor suction pressure of 
about 0*5 psig* The automatic heater Is controlled by an 
evaporator shell pressure switch. 

After start-up, some of the distillate is used as boiler 
makeup water* A float-operated control valve in the distil- 
late circuit regulates the correct amount of makeup water 
into the boiler* 

The vapors produced from the brine on the shell side of 
the evaporator are drawn through demisters into the va- 
por compressor. Vapor compressors of a centrifugal de- 
sign, which operate at a relatively high speed and low 
noise level, are most suitable. The compressor normally 
operates with a 2 to 4 psi differential pressure between 
the suction and discharge; the maximum allowable differ- 
ential pressure is about 5 psi. 

During the compression process, the steam vapor in- 
creases in pressure and temperature after which it is dis- 
charged into the tube side of the evaporator tube bundle 
in the spray-film evaporator. The latent heat of the steam 
vapor is transferred through the walls of the tubes to the 
brine being sprayed over the tube bundle. This transfer 
of heat condenses the steam vapor into distillate, which 
flows out of the tubes into the bottom of the steam chest. 

A spray-pipe assembly is the standard means whereby 
recirculating water is sprayed over the evaporator tube 
bundle* A steam chest and vent condenser are bolted to 
the evaporator tube bundle. The steam chest channels the 
flow of steam vapors from the compressor into the tube 
bundle and the flow of distillate from the tube bundle* 
Incoming feedwater flows through the tubes of the vent 
condenser, where it gains additional heat from the vapors 
condensing in the vent condenser section. The vent con- 
denser is vented to the atmosphere to discharge noncon- 
densible gases from the steam chest. 

The distillate pump takes suction from the steam chest 
and pumps the majority of the distillate through the heat 
exchanger, the flowmeter, and then to the discharge con- 
nection. A small portion of the distillate enters the boiler 
through the boiler water level control valve as makeup 
water. Another small portion enters the compressor suc- 
tion duct and serves as compressor desuperheating and 
sealing water* 

An eiectrie-driven vapor-compression distilling plant is 
furnished by the manufacturer as a package complete 
with all interconnecting piping, electric wiring, automatic 
controls, and insulation; such a unit is shown by Fig* 13. 

Over a period of time, scale-forming elements in the 
feedwater gradually accumulate on the evaporator tubes 
and lower the rate of heat transferred from the com- 
pressed steam to the recirculated water (scale control is 
discussed in Section 2.5). Normally the amount of steam 


compressed is constant. Therefore the compressor differ- 
ential pressure rises (causing an increase in the tempera- 
ture difference) to counteract the effects of the scale accu- 
mulation* As the compressor differential pressure rises, 
there will be a slight decrease in distillate production; 
therefore, an acid cleaning system must be provided and 
used when the rated distillate capacity can no longer be 
maintained or when the compressor differential pressure 
exceeds 4.5 psi* When the pressure differential across the 
compressor reaches 5 psi, the unit operates at its minimum 
rated capacity; and the evaporator tubes must be cleaned 
to raise the distillate output, lower the electrical energy 
input, and prevent overloading the compressor motor. 

When it is desirable to use a diesel engine instead of an 
electric motor to drive the compressor, a conventional 
four-cycle, in-line, medium-speed, industrial-type engine is 
best suited for continuous operation. The engine directly 
drives the compressor and both water pumps via V-belts, 
Engine jacket water can be used as a heat source to the 
boiler thereby providing a means of returning the heat in 
the jacket water to the system. The boiler section can also 
use the engine exhaust gas as a heat source; by doing so, 
maximum use is made of the engine waste heat. 

Detailed material and design requirements for distilling 
plants of the vapor-compression type for Navy applica- 
tions are contained in reference 2* The plant installed on 
some submarines operates on the principle described in 
the foregoing, but the plant is completely electrically oper- 
ated and incorporates a vertical tube bundle as illustrated 
in Fig, 14, 

Referring to the plant shown by Fig. 14, the entering 
seawater is preheated (for arctic operation or cold feed 
due to deep submergence) in an assembly that consists of 
two electric immersion heaters* The temperature control 
unit automatically energizes one or both of the heaters 
when the incoming seawater temperature is below 55 F 
and turns off the heaters when the temperature is above 
65 F. 

A rectangular shell-and-double-tube heat exchanger, or 
one of similar features, is located In the line between the 
feedwater preheater and the vent condenser. The shell- 
and-doubl e-tube heat exchanger is vertically divided into 
two sections of equal size, a distillate side and a brine 
side* Inner and outer tubesheets are bolted to each end 
cover plate. Larger, straight outer heat-transfer tubes 
are roller-expanded into the inner tubesheets and smaller 
straight tubes, inserted through the outer tubes, are roll- 
er-expanded into the outer tubesheets* Incoming feedwa- 
ter flows in the annular space between the inner and outer 
tubes while the distillate and brine, discharge from the 
evaporator, flow through the Inner tubes in their respec- 
tive sides of the heat exchanger. The feedwater flow is 
counter to both the distillate and brine flows, providing 
good heat transfer between the flows. The unit serves to 
further heat the feedwater and simultaneously cool the 
distillate and brine. 

The feedwater leaving the heat exchanger next passes 
through the tubes of the vent condenser, where it gains 
additional heat as the hot noncondensible gases vented 
from the evaporator section are cooled. 
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Fig. 13 Electric-driven vapor-compression unit 




The hot feedwater leaving the vent condenser is dis- 
charged into the feed section. The temperature of the 
brine in the feed section is raised to the boiling point by 
heat coming from the boiler section. 

The boiler section is located on the floor of the evapora- 
tor. Its source of heat is electric immersion heaters. Dur- 
ing operation the electric heaters keep the distillate at the 


boiling point, which in turn further heats the brine in the 
feed section located above the boiler section. Since the 
feedwater is preheated when it enters the evaporator, 
comparatively little heat is required from the immersion 
heaters to keep the brine at the boiling point. 

A. brine overflow tube, located in the center circulation 
tube, runs through the feed section to a sidewall connec- 
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tion. Distillate drain passages from the evaporator section 
to the boiler section also run through the feed section, as 
does a steam vent passage from the boiler section to the 
evaporator section. 

When the brine boils in the feed section, it passes into 
the evaporator section tube bundle where more heat from 
the compressed vapor is applied. This heating increases 
the boiling action of the brine, and about two thirds of the 
brine is vaporized at a pressure of about 1 psig in the 
tubes. The brine not vaporized flows into the brine over- 
flow and is piped out of the evaporator into the heat ex- 
changer. Steam vapors from the boiling brine in the evapo- 
rator section tubes rise into the vapor section and are 
drawn into the suction side of the compressor through 
demisters. The demisters remove entrainments from the 
vapor and allow relatively “clean" vapor to flow to the 
compressor suction. 

The vapor compressor, which is the "heart" of the plant, 
is a centrifugal, liquid sealing ring type that is directly 
driven by a constant-speed a-c motor. The unit is mounted 
in the evaporator top cover plate and extends down into 
the vapor section. It operates at a suction pressure of 
about one psig at 215 F and a discharge pressure between 
1.5 and 3 psig in the saturation temperature range of 217 
to 222 F. When in operation, the compressor requires a 
continuous flow (about 0,25 gpm) of distilled water for 
sealing purposes. The seal water is necessary to provide 
proper suction and compression and to maintain the vapor 
discharge temperature within predetermined limits. The 
distillate discharge line, downstream from the heat ex- 
changer, is tapped to provide the seal water. 

The compressor raises the temperature and pressure of 
the vapors and discharges the vapors into the evaporator 
section where a number of heat-transfer tubes are ar- 
ranged in a pattern surrounding vertical baffle plates. 
The baffle plate arrangement directs the flow of vapors 
around the tubes and directs the noncondensabie gases to 
a vent tube. A system of perforations in the vent tube 
collects the gases, which are passed through an external 
vent condenser to the atmosphere. 

In the shell side of the evaporator section, the vapors 
condense on the tube outer surfaces to form distillate, 
which collects in the bottom of the evaporator section 
(on the lower tubesheet) and flows through the distillate 
return passages into the boiler section. The excess distil- 
late flows out through the outlet pipe into the distillate 
pump and is pumped through the heat exchanger and into 
the ship's storage tanks or to waste, depending on its 
purity. 

A vapor-compression distillation plant has several fea- 
tures that may be advantageous in some situations. These 
units are generally designed to operate at or above atmo- 
spheric pressure which, in effect, minimizes the size of 
the unit (because of the higher-density vapors) and avoids 
the necessity for a vacuum system and the possibility of 
air ingress. 

The primary advantage associated with a vapor-com- 
pression plant that operates under subatmospheric pres- 
sure would be that there would be a minimal tendency for 
calcium- sulfate scale to form; however, the formation of 


this scale can be substantially eliminated by using a scale 
inhibitor. 

A vapor-compression plant requires no source of steam 
or waste heat. The only energy input necessary is a source 
of electrical power. The vapor-compression cycle provides 
the highest thermal economy of any distilling-plant con- 
cept, when expressed in terms of fresh water produced 
per unit of heat input, and, therefore, may merit consider- 
ation for applications where there is no reliable source of 
steam or waste heat. 

In some cases, the small quantity of seawater required 
to operate a vapor-compression unit may be advanta- 
geous. Submergeddube and flash distillation units typi- 
cally require a seawater flow of 15 to 20 times the distil- 
late rate for condensing purposes, whereas a vapor- 
compression unit requires a source of seawater equal to 
about 2.5 times the distillate produced. 

Additionally, the requirement of the U.S. Public Health 
Service for feedwater or distillate to be heated to 165 F 
for a minimum of seven seconds is inherently satisfied 
because of the higher temperatures concomitant with cy- 
cles that operate above atmospheric pressure. 

LB Reverse-Osmosis Desol motion* As an alternative 
to the thermal method of desalinating seawater, which 
depends on the use of heat to boil seawater and physically 
separate the water from the dissolved solids, a nonther- 
ma) membrane process can be used in some cases. Of the 
various membrane processes that have been used, reverse 
osmosis has been proven to be the most appropriate for 
shipboard service [9], Other membrane processes such 
as ultrafiltration, electrodialysis, and piezodialysis show 
little promise of being able to economically convert the 
more saline waters to a potable level; however, the re- 
verse-osmosis process has been proven to be a practicable 
means of continuously producing fresh water from a sea- 
water source. The only energy input required to operate 
a reverse-osmosis plant is a source of electrical power to 
drive the pumps and the various controls. 

To understand reverse osmosis, it is necessary to review 
the basic phenomenon of osmosis. Osmosis is a natural 
process which depends on the existence of a membrane 
that is selective in the sense that certain components of 
a solution (ordinarily the solvent) can pass through the 
membrane, while one or more of the other components 
cannot pass [10]. Such a selective device is called a “semi- 
permeable membrane"; it is usually, though not always, 
in the physical form suggested by the word “membrane," 
In nature, the root system of most plants acts as the 
membrane and allows the plant to absorb moisture or 
water by permitting the flow of a less-dense fluid (water) 
into the more-dense fluid (sap) internal to the root system. 

As illustrated by Fig, 15, if a semipermeable membrane 
separates a solution from a pure solvent, or two solutions 
of different concentrations, the tendency to equalize con- 
centrations will result in a flow of solvent from the less- 
concentrated phase (that is, the phase richer in solvent) to 
the other; it is this flow of solvent that is termed “osmo- 
sis." If an attempt is made to impede the flow by exerting 
pressure on the more saline solution (assuming for sim- 
plicity that the other phase is pure solvent), the rate of 
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OSMOSIS 

Mnn fluids of drffertm con«n* 
t rations in ft vessel are (tpurited 
by & mairtortne, th« dilutft solution 
will flow through the membrane into 
the eoneantritftd lolmion. 



OSMOTIC PRESSURE 

The level of the dilute solution drops 
and the level of the concentrated 
solution rises until an "equilibrium" 
is reached. The pressure difference 
between these two levels is the 
"osmotic pressure." 


REVERSE OSMOSIS 

If a pressure in e*c«i of the osmotic 
pressure is applied to the concentrated 
solution, the flow h reversed from the 
concentrated solution to the diluted 
solution. Tht* is "reverse osmosis/' 



Fig. T 5 Osmosis, osmotic pressure, and 
reverse osmosis 


flow will be decreased. As the pressure is increased, a 
point will be found at which the flow is brought to a 
complete stop, the tendency to flow being in equilibrium 
with the opposing pressure. This equilibrium pressure (ac- 
tually, the equilibrium-pressure difference between the 
solvent and solution phases) is called the “osmotic pres- 
sure.” The osmotic pressure, which is about 1 psi for each 
100 mg per liter of sea salt content in seawater, is a 
property of the solution and does not depend in any way 
on the membrane, so long as the membrane has the neces- 
sary property of semipermeability. A further increase of 
the pressure on the solution causes reversal of the osmotic 
flow, and pure solvent passes from the solution, through 
the membrane, into the solvent phase; this phenomenon 
is the basis of the reverse-osmosis method of desalination. 

The osmotic pressure of a seawater solution is approxi- 
mately 355 psi, and to productively generate fresh water 
from a seawater source, the membrane must operate at a 
differential pressure in the range of 750 to 1200 psi. Most 
osmotic membranes have little mechanical strength and 
must be supported to withstand such a large pressure 
difference. 

The material used to make a reverse-osmosis membrane 
is commonly cellulosic or a derivative of a polyamide, 


sometimes referred to as a thin-film composite. A mem- 
brane made of this material is a well suited means of 
separating fresh water and dissolved solids (ions). Mem- 
branes have a much higher rejection propensity for dis- 
solved solids such as calcium, magnesium, and sulfates 
(divalent ions) than for sodium and chlorides (monovalent 
ions) and the former are more effectively rejected. Dis- 
solved gases tend to pass through membranes with very 
low rejection. However, any particulate matter in suspen- 
sion must be removed by filtration to minimize membrane 
fouling and to avoid damage to the membrane. 

The components that comprise a reverse-osmosis plant 
are shown schematically by Fig. 16. Pretreatment of the 
incoming feedwater is required for all reverse-osmosis 
plants. The impurities commonly found in seawater and 
brackish water are suspended matter (colloidal materials, 
metal hydroxides, and biological fouling), which must be 
removed to avoid fouling the membrane. Typically, the 
incoming seawater is treated chemically with a polyelec- 
trolyte or flocculent, if required, to sequester undesired 
compounds that are in suspension. The treated seawater 
is then directed to a primary filter, which typically con- 
tains 20-pm replaceable-cartridge elements, to remove 
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Fig. 76 Single-stage reverse-osmosis de- 
salination plant for nqvql surface* 
ship applications 


any suspended particles: and a secondary filter, having 3- 
jan elements, is often used to further remove particulate 
matter. The successful operation of a reverse-osmosis 
plant is strongly dependent upon a supply of clean seawa- 
ter to the membrane elements; therefore, good practice 
may require that the desalination plant be secured before 
entering harbors or other regions where the contamina- 
tion would overload the plant pretreatment capabilities. 

The treated and filtered seawater then goes to the high- 
pressure pump r which has a discharge pressure typically 
in the range of 750 to 1200 psi. Both centrifugal and posi- 
tive displacement pumps have been selected for this ser- 
vice; however, the characteristic pulsations in the dis- 
charge flow from positive-displacement pumps are 
objectionable. To reduce flow irregularities, in-line accu- 
mulators are often installed on both the suction and dis- 
charge sides of positive-displacement pumps. 

The high-pressure pump discharges to one or more 
membrane elements, which may be arranged in parallel, 
in series, or in a combination thereof, depending on the 
system, capacity, water quality desired, and the character- 
istics of the membrane configuration and material se- 
lected. 

Membranes designs embrace a variety of configura- 
tions; among them, piate-and-frame, tubular, pleated, spi- 
ral-wound, and hollow-fiber designs have been invest!* 
gated. However, only the spiral-wound and the hollow* 
fiber configurations are commonly used for seawater de- 
salination in shipboard applications. The spiral- wound con* 
figuration, which is illustrated by Fig. 17, is made by 
rolling two membrane sheets that sandwich porous spac- 
ers around a hollow tube. The two membrane sheets are 
configured such that the seawater feed flows axially 
through the porous spacer between the sheets, with some 



Fig. 17 Typical spiral-wound membrane configuration 


fresh water permeating the membrane and the remaining 
concentrate being discharged from the other end. The 
fresh water that permeates through the membrane flows 
spirally inward through the porous spacer between the 
membrane sheets and collects in the internal tube from 
which it is withdrawn. The spiral-wound membrane is of* 
ten encased in a tubular pressure vessel that is con- 
structed of filament-wound fiberglass and is designed to 
withstand the high operating pressure. The pressure ves- 
sel is also made of titanium in some designs. 
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Fig, 18 Configuration of o typical hollow-fiber membrane 


The hollow-fiber configuration, typically as shown by 
Fig. 18, consists of iong, hollow fibers the size of a human 
hair. The hollow fibers are often placed in a hairpin ar- 
rangement with their ends encased in an epoxy end cap, 
similar to a tubesheet in a heat exchanger. Many ou 
sands of fibers are included in a bundle that is encased 
in a pressure housing. Seawater is introduced mto the 
pressure housing and to the external surface of the ho ow 
fibers. Fresh water permeates through the fiber surface, 
flows through the hollow fiber core, and is collected. 7 he 
concentrated brine solution is discharged overboard. 

Membranes are rated for a standard seawater tempera- 
ture of 77 F. The permeation of fresh water through a 
membrane has an inverse variation of about 1.6"® per deg 
F deviation from the standard temperature. For shipboard 
applications most reverse-osmosis plants must necessar- 
ily be designed for a feedwater temperature in the range 
of 28 to 85 F; consequently, the feedwater temperature is 
an important design consideration. 

The mean salinity of the seawater feed circulated m 
plant is also an important consideration. For each 1000- 
ppm salinity increase in the seawater concentration, the 
permeation through the membrane decreases about 1.87® 
because of the increase in the osmotic pressure of the 
brine. However, the salinity of seawater is nearly constant 
around the globe except for several isolated areas such 
as the Red Sea and the Arabian Gulf, where high levels 
of dissolved solids are common. 

The hollow-fiber and spiral-wound membranes are toler- 
ant of the pH values normally characteristic of seawater, 
and acid injections for pH adjustment are not generally 
required for marine installations. 

The element iron, Fe, has an adverse effect on the life 
of membranes; therefore, the use of steel and stainless 


steel piping and components in the seawater side 
brane systems must be avoided. However, since the hull 
and seawater system of many ships are made of steel, the 
complete avoidance of the iron element may be impractica- 
ble. Experience has, however, shown that the hull struc- 
ture has little effect on the membrane. 

The element chlorine, Cl, also adversely affects the life 
of membranes. If the seawater system is chlorinated, pro- 
visions must be made to remove the chlorine during the 
feedwater treatment process. 

Generally, shipboard reverse-osmosis systems require 
little maintenance provided that the feedwater is appropri- 
ately pretreated, the plant is properly operated, and the 
membranes are periodically cleaned. However, unlike the 
distillation process, which produces high-punty distillate 
containing less than 4.3 ppm total dissolved solids, the 
fresh water produced from a single-stage reverse-osmosis 
plant generally has total dissolved solids of about 350 
ppm, which is still well within the limits established by 
the World Health Organization for potable water [4]. 

It should be noted that with time, both the quantity and 
quality of the fresh water produced can be expected to 
degrade. The necessarily high pressure of the seawater 
supply causes the membrane material to compact, which 
slows the diffusion of the water through the membrane. 
In addition, suspended particles in the feedwater supply, 
which are not removed by the filtration system, tend to 
foul the membrane and impede the permeation through 
the membrane. Hollow-fiber membranes are particularly 
susceptible to being plugged by impurities m the feedwa- 
ter, and therefore require a higher degree of filtration. 

A properlv designed reverse-osmosis system can pro- 
vide years of service before the membrane must, be re- 
placed. The life of the membrane can be extended by peri- 
odic flushing with a chemical cleaning agent. Membranes 
are usually designed to readily permit their replacement. 
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Section 2 

Distilling Plant Design Considerations 


2.! Heat Transfer in Distilling Plants. The fundamen- 
tal theory of heat transfer in heat exchangers and the 
application of this theory are discussed in Chapters 2 and 
16. The basic analytical relationship employed in the de- 
sign of heat-transfer equipment is 

Q = UA{LMTD) (1) 

where 

Q — quantity of heat transferred, Btu/hr 

U = overall heat-transfer coefficient, Btu/hr-ft 2 - 
deg P 

A — heat-transfer area, ft 2 

LMTD — logarithmetic mean temperature difference, 
deg F 

The main consideration in the thermal design of an 
evaporator is that fluids in the evaporator undergo a 
change in phase. In a flash evaporator, heat is transferred 
to the seawater in tubes by condensing a vapor on the 
outside of the tubes. In a submerged-tube or spray-film 
evaporator, the heat is transferred from the condensing 
steam inside the tubes to the boiling seawater on the 
outside of the tubes. 

As in the design of heat exchangers (see Chapter 16), 
the overall heat transfer coefficient, U, is given by 


(1/hJ + r do + r w 4- r di0 + (1 /h it ) 

where 

1 fh Q — reciprocal of shell-side film coefficient 
r dQ = resistance of deposit or scale on tube outside 
wall 

r w — resistance of tube wall metal 
r dio = resistance of depositor scale on tube inside wall 
l/h io = reciprocal of tube-side film coefficient 

All of the resistances listed in the foregoing are consist- 
ently based on the same area; by convention, the tube 
outside area is usually taken as the base. Typical values 
of heat-transfer coefficients encountered in service are 
presented in references 21 and 12, 

The overall heat-transfer rate of a submerged-tube or 
thin-film evaporator depends upon the vapor pressure of 
the liquid being evaporated, the temperature difference 
between the condensing saturated steam and the vapor 
(which fixes the steam pressure for a given vapor pres- 
sure), the disposition of the heating tubes in the shell, and 
the character of the liquid being evaporated as well as the 
cleanliness of the heat-transfer surfaces. Heat-transfer 


rates increase with increasing vapor and steam tempera- 
tures, with the temperature difference remaining un- 
changed, except that for seawater evaporation at temper- 
atures exceeding about 200 F and for some classes of raw 
fresh water at the higher temperatures (particularly for 
high-temperature differences), scale forms so rapidly as 
to offset the advantage that would otherwise be gained. 

Under laboratory conditions with a single acid-cleaned 
tube reevaporating distilled water, the temperature dif- 
ference has a pronounced effect on the heat-transfer rate. 
Rates varying from about 1300 Btu/hr-ft 2 -deg F at a 20 
deg F temperature difference up to over 3000 Btu/hr-ft 2 - 
deg F at a 100 deg F temperature difference have been 
observed with the vapor at atmospheric pressure; the 
heat-transfer rate falls off with further increases of the 
temperature difference. However, for scale-producing 
feeds, the scale resistance is such a large part of the total 
resistance to heat flow that the effect of temperature 
difference on continuous service rates is small. 

Since the scale resistance is generally such a large per- 
centage of the total resistance to heat flow for distilling 
plants, it is convenient to group all of the other resistance 
elements together and express equation (2) in the follow- 
ing form: 

u= (3) 

~uA r 

where 

U c — clean-tube overall heat-transfer coefficient; i.e*, 
sum of film resistance on tube inside and out- 
side surfaces and resistance of tube wall, Btu/ 
hr-ft 2 -deg F 

r = fouling resistance; i.e,, resistance of tube deposits 
or scale, hr-ft 2 -deg F/Btu 

Figure 19 is a plot of the clean-tube overall heat-trans- 
fer coefficient, U CJ versus tube velocity that can be used 
in the design of a seawater heater or condenser for a flash 
evaporator. The correction factor which must be applied 
to the coefficient read from Fig. 19 to compensate for 
inlet water temperatures of other than 70 F is given in 
Fig. 20; correction factors for the tube material and gage 
are given in Table L Typical values of the fouling factor 
are given in Table 2, For a stage condenser in a flash 
evaporator, the fouling factor, n will typically vary from 
0*0005 to 0*001 hr-ft 2 -deg F/Btu* In the seawater heater 
where elevated temperatures are encountered, the fouling 
factor will normally vary from 0.001 to 0.0015 hr-ft 2 -deg 
F/Btu; see Table 2. 

A comparison of overall heat-transfer coefficients and 
temperature differences typical of flash, submerged-tube, 
and spray-film distilling plants is given in Table 3* 
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at a constant temperature and only the temperature of 
the liquid varies. For a condenser, the logarithmic mean 
temperature difference {illustrated by Fig. 22) can be ex- 
pressed as; 


LMTD = 


{T v £i) (T v t 2 ) 




( 4 ) 


where 

T v = vapoA temperature 
t x — cold liquid temperature 
t 2 = hot liquid temperature 

In a flash evaporator there are a number of tempera- 
ture losses, which must be taken into account in the design 
of the equipment. These losses are associated with the 
brine equilibrium temperature deviation, the boiling point 



Fig. 20 Heat-transfer rate inlet temperature correction factor 


Table 1 Heat-transfer rate tube material and gage 
correction factor 


Tube Material 


Tube Wall Gage- 

— BWG 


24 

22 

20 

18 

16 

14 

12 

Admiralty metal 

1.06 

1.04 

1,02 

1.00 

0.96 

0.92 

0.87 

Arsenical copper 

1.06 

1,04 

1.02 

1,00 

0,96 

0.92 

0.87 

Aluminum 

1.06 

1.04 

1.02 

1.00 

0.96 

0.92 

0.87 

Aluminum brass 

1.03 

1.02 

1.00 

0,97 

0.94 

0.90 

0.84 

Aluminum bronze 

1.03 

1.02 

1,00 

0.97 

0.94 

0.90 

0.84 

90-10 Cu-Ni 

0.99 

0.97 

0.94 

0,90 

0.85 

0.80 

0.74 

70-30 Cu-Ni 

0,93 

0.90 

0.87 

0.82 

0.77 

0.71 

0.64 

Titanium 

0.85 

0.81 

0.77 

0.71 





Heat-transfer data for a submerged-tube evaporator 
are usually expressed as a relationship between the heat 
flux, Q/A = U&T, and the temperature difference, AT, 
because in a boiling evaporator the heat-transfer coeffi- 
cient is also a function of the driving force or temperature 
difference. Most available data are based on experience 
and therefore include allowances for fouling. Figure 21 is 
a curve showing typical values for submerged-tube evapo- 
rators. 

In the case of a condenser such as encountered in a 
flash evaporator, the temperature difference between the 
fluids varies from location to location within the con- 
denser in a manner similar to the temperature distribution 
in a heat exchanger. There is a difference, however, in 
that the heat transfer for the condensing fluid takes place 


rise, the demister pressure loss, and the condenser pres- 
sure loss. The effect of these losses on the LMTD is shown 
in Fig. 22. The losses are defined as follows: 

* Brine Equilibrium Temperature Deviation (DEV). 
The amount of superheat remaining in the brine as a 
result of incomplete flashing. 

. Boiling Point Rise (BPR), The elevation of the satura- 
tion temperature of the liquid above that of pure water 
caused by the concentration of salts in the brine. 

* Demister Pressure Loss (DEM). The equivalent satu- 
ration temperature loss associated with the pressure loss 
through the demister. 

* Condensor Pressure Loss (CGND), The weighted sat- 
uration temperature loss associated with the pressure loss 
through the condenser. 

In marine applications, the losses associated with the 
brine equilibrium temperature deviation and the con- 
denser pressure loss are usually small and can be ne- 
glected; however, they are usually significant factors in 
higher capacity and economy plants. Figure 23 is a curve 
of boiling point rise versus temperature. Since the demis- 
ter pressure loss is normally less than 0.5 deg F, it is 
common to allow 1.5 deg F for the combined demister loss 
and boiling point rise loss in the design of once-through 
marine flash evaporators. Because the operating brine 
concentration is higher in submerged-tube and spray-film 
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Table 2 Fouling resistances, r, typical of various types of water, hr-ft 2 -deg F/Btu 


Temperature of Heating Medium 


Up to 240 F 



240-400 F“ 


Temperature of Water 


125 F or Less 



Over 125 F 


Water Velocity 

3 fps 
and less 


Over 

3 fps 

3 fps 
and less 


Over 

3 fps 

Seawater 

0,0005 


0.0005 

0.001 


0.001 

Brackish water 

0.002 


0,001 

0.003 


0.002 

Cooling tower and artificial spray pond: 







treated makeup 

0.001 


0,001 

0.002 


0.002 

untreated 

0.003 


0.003 

0.005 


0.004 

City or well water 

0.001 


0.001 

0.002 


0,002 

Great Lakes 

0,001 


0.001 

0,002 


0.002 

River water: 







minimum 

0.002 


0.001 

0.003 


0.002 

Mississippi 

0.003 


0.002 

0.004 


0.003 

Delaware, Schuylkill 

0.003 


0.002 

0.004 


0.003 

East River and New York Bay 

0.003 


0.002 

0.004 


0.003 

Chicago Sanitary Canal 

0.008 


0.006 

0.010 


0.008 

Muddy or silty 

0.003 


0,002 

0.004 


0.003 

Hard (over 15 grains /gal) 

0.003 


0.003 

0,005 


0.005 

Engine jacket 

0.001 


0,001 

0.001 


0.001 

Distilled 

0,0005 


0.0005 

0,0005 


0.0005 

Treated boiler feedwater 

0.001 


0,0005 

0.001 


0.001 

Boiler blowdown 

0.002 


0.002 

0.002 


0.002 


a Resistances are based on a temperature of the heating medium of 240-400 F. If the beating medium temperature is over 400 F and the 
cooling medium is known to scale, these resistances should be modified accordingly. 


Table 3 Heat-transfer coefficients and temperature 


differences typical of feedwater heaters in various 



types of distilling plants 


Type of Plant 

Overall Heat-Transfer 
Coefficient, U, Btu/ 
hr-ftMeg F 

Temperature 
Difference, LMTD \ 
deg F 

Flash 

450-500 

5-50 

Submerged tube 
Spray film 

300-650 

15-45 

500-800 

10-30 


evaporators, a value of 2 deg F is usually allowed for the 
combined loss for such units. 

In order to illustrate the principles involved in the deter- 
mination of the size of a condenser and seawater heater 
for a distilling plant, consider the two-stage, 8000-gpd, 
flash evaporator illustrated by Fig. 5. The condenser tem- 
perature differences are computed as follows: 



Stage 1 

Stage 2 

Brine temperature, deg F 

145.25 

120.5 

Demister and boiling point rise 

1.5 

1.5 

loss, deg F 



Vapor temperature, deg F 

143.75 

119.0 

Condenser inlet temp., deg F 

110.75 

86.0 

Condenser outlet temp., deg F 

135.5 

110.75 

Inlet temp, difference, deg F 

33.0 

33.0 

Outlet temp, difference, deg F 

8.25 

8.25 


Since the temperature differences are the same In both 
stages, the two tube bundles will be made to the same 
design. The LMTD in the two condensers will be 

LMTD = 33 8-25 = 17.85 deg F 


The condenser tubes selected are %-in. OD, 18-BWG 
(0,049-in. wall), 90-10 Gu-Ni tubes, and the tube design 
velocity is 5.5 fps. From Fig. 19 the heat-transfer rate for 
a ^-in. tube with a 5.5-fps tube velocity is 633 Btu/hr-ft 2 - 
deg F, Applying an inlet temperature correction factor of 
1.06 (since the condenser for the two stages will be the 
same, the correction factor read from Fig. 20 is based 
on the lower inlet temperature of 86 F) and a material 
correction factor of 0.90 (read from Table 1) gives a cor- 
rected clean-tube, overall heat-transfer coefficient of 604 
Btu/hr-ft 2 -deg F. With a fouling resistance of 0.000675, 
the overall heat-transfer coefficient is computed from 
equation (3) as 

U = — = 429 Btu/hr-ftMeg F 

— + 0.000675 
604 

With a tube ID of 0.527 in., the number of tubes re- 
quired to pass 60,000 Ib/hr of feedwater having a density 
of 64.1 lb/ft a at a velocity of 5.5 fps is 

No. of tubes required 

, (6 °' 00l)) m . 31.2 = 31 

(3600) (64.1) (5.5) - (0.527) 2 
4 


For a feedwater flow of 60,000 Ib/hr and specific he^t 
of 0.96 Btu/lb-deg F, the temperature difference of 24.75 
deg F corresponds to a heat transfer of 1,426,000 Btu/hr 
in each of the two condensers. This being the case, the 
tube area required is 


Q _ 1,426,000 
U(LMTD) ~ (429) (17.85) 


186.2 ft 2 


HEAT FLUX, 1000BTU/HR FT* 
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Fig. 21 flux versus temperature difference for submerged tube evoporo o 
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and the required tube length is 

A 

Tube length = —=— 
wDn 


(186.2) (12) 
ir(0.625) (81) 


36,7 ft 


Using a 6-pass (3 U-bend) design, the required bundle 
length is determined to be 36.7/6 = 6.12 ft. 

The size of the seawater heater is established in a simi- 
lar manner. The temperature of the condensing heating 
steam is 198 P and the seawater inlet and outlet tempera- 
tures are 138 and 170 F respectively; therefore, the LMTD 
is 


60-28 . _ 

LMTD = — = 42 deg F 

60 


The tubes selected are %-in., 18-BWG, 90-10 Cu-Ni 
tubes and the design tube velocity is 6 fps, Reading a 
clean-tube heat-transfer coefficient of 660 Btu/hr-ft 2 -deg 
F from Fig. 19, and applying an inlet temperature correc- 
tion factor of 1.1 from Fig. 20 and a tube material correc- 
tion factor of 0.9 from Tabie 1, gives a corrected clean- 
tube heat-transfer coefficient of 653 Btu/hr-ft 2 -deg F. 
With a fouling resistance of 0,0015, the overall heat- trans- 
fer coefficient becomes 


U = 


— + 0.0015 
653 


330 Btu/hr-ftMeg F 


Fig, 22 Temperature losses in distilling plants 
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SOUOS PER 1000 G SEA WATER. 


Fig. 23 Boiling point rise of >eov#at 0 r concentrations with temperature 
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The number of 0.652-in.-ID tubes required to pass 
60,000 Ib/hr of feedwater having a density of 64,1 Ib/ft 3 
without exceeding a 6-fps velocity is 

No* tubes required 

= (60,000) (144) 

(3600) (64,1) (6) - (0.652) 2 
4 

No. tubes used = 19 

The feedwater is heated from 135,5 to 138 F in the air 
ejector after condenser. Since the feedwater has a specific 
heat of 0.96 Btu/lb, the heat transferred to the feedwater 
in the saltwater heater is 

Q - (60,000) (0.96) (170 - 138) - 1,843,000 Btu/hr 
and the heating surface required is 

, Q 1,843,000 

A — _ — 1 ’ = 1 qo 

U{LMTD) (330) (42) 

Consequently, the required tube length is 

A 

Tube length = — — 
ttDu 

- (138)(12) - 35.7 f, 
tt{ 0,75) (19) 

With a 6-pass design, the bundle length becomes 35.7/6 
= 5,95 ft, 

2,2 Heal Sources, The thermodynamic design of a dis- 
tillation unit is strongly dependent upon the heat energy 
source to elevate the temperature of the incoming seawa- 
ter feed to that required for efficient vaporization. This 
energy can be supplied as steam, electricity, or waste heat 


in the form of exhaust gases or hot water. A distillation 
unit can use either, or any combination, of these energy 
sources. The selection of the optimum heat source is de- 
pendent upon the total plant heat balance, desired evapo- 
rator efficiency, available energy, and mode of operation 
contemplated. 

For ships that are powered by steam turbines, steam is a 
heat source commonly used in shipboard distillation units. 
Low-pressure turbine extraction steam and auxiliary ex* 
haust steam are the normal sources of heating steam for 
distilling plant operation. 

To permit the most efficient and flexible operation, it is 
standard practice to design the distiller to operate with 
either steam that has been bled from the main turbine or 
steam that has been exhausted from any of the various 
auxiliary turbines. When operating at sea, bleed steam 
permits the most economical operation as the majority of 
the heat remaining in this steam is otherwise rejected 
to the main condenser, contributing very little additional 
energy to the cycle before being condensed. For in-port 
operation auxiliary exhaust steam is supplied to the dis- 
tiller. The use of this relatively low-cost steam permits 
continued economical operation of the distilling plant. 

The pressure of bleed steam is dependent on the turbine 
design and the specific extraction point Distilling plant 
designs are normally predicated on steam being supplied 
at a pressure of 9 to 11 psia. Auxiliary 7 exhaust steam is 
usually furnished at a pressure of 15 psig and reduced to 
5 psig by a pressure-regulating valve; a pressure of 5 psig 
is usually provided at the inlet to the critical-pressure 
orifice. 

High-pressure air ejector steam, where employed, is 
also used to preheat the seawater feed. Heat in the air 
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ejector steam is reclaimed in the air ejector after-corn 
denser using distilling plant feedwater as the coolant The 
air ejector motive steam pressure is dependent on the air 
ejector design and can range from 75 to 150 p$ig; pres- 
sures in the 185- to 150-psig range are most common. 

Diesel or gas turbine driven ships often employ waste 
heat as a heat source for distilling plant operation. The 
waste heat may be in the form of diesel engine jacket 
cooling water or it may be in the form of heat recovered 
from the turbine or engine exhaust gases. Submerged- 
tube distilling units are generally used when hot water is 
the heat source because these units often operate with a 
lower shell temperature and can use water at a lower 
temperature as a heat source than can distilling plants of 
the flash type. Distilling plants for this application are 
commonly designed to use jacket water with an inlet tem- 
perature to the distiller of 165 to 180 F. With some types 
of flash evaporators, the hot- water inlet temperature to 
the heater must be at least 190 F to obtain an adequate 
temperature differential to permit an efficient seawater 
heater design; but, by using a plate-type feed heater, 
closer approach temperatures can be achieved, which per- 
mits operation with jacket-water temperatures in the 
same range as that used with submerged-tube evapora- 
tors. A supply of diesel jacket water above 180 F is not 
normally available; however, water at such temperatures 
is obtainable on ships driven by gas turbines by installing 
heat exchangers to recover heat from the exhaust gases. 
Gas turbines typically have exhaust gas temperatures of 
approximately 1000 F, and these exhaust gases can be 
used to produce saturated steam with a temperature of 
about 250 F. Such a source of steam is we]] suited for a 
multistage flash distilling plant 

Electric pow r er is often used to operate the vapor-com- 
pression and reverse-osmosis types of desalinators; how- 
ever, due to considerations of economy, electric powder is 
not normally used with plants of other designs except as 
a supplemental or emergency heat supply. For flash or 
submerged-tube designs, the direct use of electrical power 
for feedwater heating is not practicable. 

For some applications, it is advantageous to use a com- 
bination of heat sources to operate the distillation unit. 
Figure 24 illustrates a typical flow diagram for a unit 
using all three common heat sources; this design has been 
applied in a number of diesel-powered naval ships. For the 
unit shown in Fig. 24 f the primary heat source is diesel 
propulsion engine waste heat in the form of engine jacket 
water. This primary heat source is used when the ship is 
at sea operating with sufficient engine power to provide 
the necessary waste heat. 

When the ship is operating at reduced power, the engine 
waste heat is augmented by heat furnished from either 
the steam heater or electric heater. When operating in 
this condition, the jacket water is directed through these 
heaters, thereby increasing the feedwater temperature. 
The steam heater is a sheU-and-tube heat exchanger and 
the electric heater uses immersion heating elements. 

When the ship is in port, all heat required to make 
rated capacity is supplied by the steam heater and electric 


heater. The steam heater is often sized to provide suffi- 
cient heat to produce % rated capacity and the electric 
heater is sized to produce V 3 rated capacity. Aside from 
the increased reliability and operational flexibility pro- 
vided by this combined heat source arrangement, an addi- 
tional advantage is that the steam heater and electric 
heater are used to warm the diesel engine prior to start- 
up, 

2.3 Distilling Plant Economy, The generally accepted 
meaning of the term “distilling plant efficiency” is the 
pounds of di Allied water produced per 1000 Btu of heat 
supplied. For multistage plants fitted with such features 
as evaporators, which are heated by vapor produced in an 
earlier stage, the overall economy of the plant may be 
estimated best by first preparing an approximate heat 
balance flow sheet. Such flow sheets are approximate, but 
the balance £ plant will assume in service can be predicted 
with fairly ^ood accuracy. 

There are several factors which complicate a precise 
prediction of the manner in which a plant will perform in 
service. A "clean” plant is capable of producing excessive 
quantities of vapor to such an extent that carry-over will 
result, thereby contaminating the distillate; in such an 
event the steam supply must be throttled or other means 
used to control the output. Tube surfaces of different 
units foul to a different degree; therefore, fouling cannot 
be predicted with exactness. Additionally, the circulating 
water temperature varies with the season and locality. 
All of these factors affect the balance and economy of a 
distilling plant 

The overall economy of a distilling plant, as distin- 
guished from the so-called efficiency, may be expressed 
in terms of the pounds of distillate produced per pound of 
additional fuel required for the distilling plant, over and 
above the fuel otherwise required to fulfill the ship's 
power requirements. Establishment of the distilling plant 
overall economy entails an assessment of the amount of 
fuel used to produce the steam required for the saltwater 
heater, the electrical power required for the various 
pumps in the plant, the useful work that could have been 
performed by the heating steam had it been used for other 
purposes, and the heat returned to the boiler feed system 
from the distilling plant (a very important consideration 
for distilling plants which have condensers that use the 
main propulsion plant condensate as the coolant). 

Since the overall economy of a distilling plant depends 
upon the ship's power plant, and the interrelationships 
between the two, it is not possible to accurately state the 
economy of a distilling plant independently of the power 
plant However, the following gives an approximate idea 
of the overall economy characteristic of four types of 
distilling plants; 

* Single-stage submerged-tube plants operating on 
boiler steam at reduced pressure, 13 lb of distillate per 
pound of additional fuel 

* Two-stage flash plants operating on bleed steam, 50 
lb of distillate per pound of additional fuel 

* Three-stage flash plants operating on bleed steam, 
75 lb of distillate per pound of additional fuel 
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Fig. 24 Flow diagram of on evaporator having three heot source! 


• Spray-film vapor-compression plants with electric 
motor drive and electric heaters, 200 lb of distillate per 
pound of additional fuel. 

Based on flash distilling plants operated with exhaust 
or bleed steam, the weight of additional fuel required, 
together with the operating weight of the distilling plant, 
is but a small fraction of the weight of the distilled water 
produced during an average ship voyage. For a given ship, 
investigations may show that a worthwhile savings in 
tonnage can be effected by using distilled water rather 
than tank water, and that, all things considered, the cost 
of distilled water is lower. 

2.4 Materials of Construction. In general, 90-10 cop- 
per-nickel is the material used to manufacture tubes, tube- 
sheets, waterboxes, evaporator shells, and piping for ma- 
rine distilling plants [1,2,3], However, in some applica- 
tions where operation in waters of high turbidity is antici- 
paled, the tubes are made of 70—30 copper-nickel for in- 
creased resistance to tube erosion. Monel, a higfvniekel 
alloy, has a high resistance to a seawater environment, 
but because of its higher cost, its applications are usually 
limited to valves and fittings where there are high flow 
velocities. 

Distilling plant vessels that operate under vacuum con- 
ditions are usually reinforced with external steel stiffen- 
ers^ This type of design permits the flat vessel surface 
to be made of thin copper-nickel plate, thereby reducing 
weight and construction costs. 

Titanium is highly resistant to corrosive attack by boil- 
rag or flashing seawater, has a high resistance to erosion 
and impingement, has good heat-transfer characteristics, 
and has a high strength that permits the use of thin-walled 
material. However, the higher cost of titanium compared 
with copper-nickel alloys limits its use to instances where 
the superior characteristics of the material are of major 


importance. In distilling plants that have plate-type heat- 
transfer surfaces, titanium is commonly used in order to 
achieve corrosion-free service. 

Alloys of stainless steel have been used in the construc- 
tion of distilling plants, but they have proved to be unsatis- 
factory. Stainless steel is subject to various forms of cor- 
rosive attack. Under certain conditions of stress and 
temperature in the presence of chlorides and oxygen, 
stainless steel is susceptible to stress-corrosion cracking; 
unfortunately, in desalination plant applications, these 
conditions are inherent. Also, some stainless steels are 
subject to pitting corrosion when exposed to a stagnant 
seawater environment. To avoid such attacks, distilling 
plants having stainless steel parts would need to be 
drained and flushed with fresh water before being se- 
cured. In general, the increase in cost of a copper-nickel 
material, when compared with stainless steel, is more than 
offset by the reduction in maintenance expense. 

Unless precautions are taken, the use of the more active 
materials, such as titanium, Inconel 625, stainless steel, 
and Haste] loy, in contact with copper-nickel or a bronze 
alloy in a seawater environment will result in galvanic 
corrosion, particularly so in flowing seawater. This type 
of corrosion can be avoided by electrically disconnecting 
the dissimilar materials. 

2.5 Scale Control and Acid Cleaning. 

a. Scale control. High-temperature, land-based evap- 
orators have a much more serious scale-control problem 
than do marine plants, which operate at a low temperature 
and normally under vacuum. Nevertheless, the formation 
of scale is a major consideration in the design of marine 
distilling plants. 

One source of scale is the bicarbonate in seawater, 
which decomposes when the seawater is heated and then 
reacts with the magnesium and calcium in the seawater 
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to produce magnesium hydroxide and calcium carbonate 
scales as shown in the following reactions: 

2HC0 3 - - H^O + C0 2 t + C0 3 -“ 

2 bicarbonate ions = water + carbon dioxide gas 

+ carbonate ion 

C(V' + H £ 0 - CO, T + 20H- 

carbonate ion + water = carbon dioxide gas 

+ 2 hydroxide ions 

COr'“ + Ca- + - CaC0 3 

carbonate ion + calcium ion = calcium carbonate scale 
20H- + Mg + - - Mg(OH) 2 

2 hydroxide ions + magnesium ion 

= magnesium hydroxide scale 

When an acid or acidic salt is added to a seawater sup- 
ply, it will neutralize what is commonly termed the alkalin- 
ity of the seawater* The alkalinity is the sum of the hy- 
droxide, carbonate, and bicarbonate ions in the seawater, 
although usually only bicarbonate ions are present in sig- 
nificant quantity. The hydrogen ions produced in the sea- 
water by the added acids or acidic salts act to destroy or 
neutralise the bicarbonates by the following reaction: 

HC<V + H + - C0 3 t + H 2 0 

bicarbonate ion + hydrogen ion = 

carbon dioxide gas -f water 

Therefore, by treating the seawater with acid and con- 
verting the bicarbonates to form carbon dioxide and wa- 
ter, it is possible to eliminate the source of carbonate ions 
and prevent the formation of magnesium hydroxide and 
calcium carbonate scales. Such treatment is common prac- 
tice in the operation of land-based multistage desalters. 

During the acidification of normal seawater, for scale 
control purposes, approximately 100 ppm of carbon diox- 
ide is formed through bicarbonate alkalinity breakdown* 
This “carbonated brine” is acidic and corrosive to ferrous 
materials of construction. The carbon dioxide can be re- 
moved by scrubbing the seawater with air or steam* 

Calcium sulfate scales are probably the worst of the 
common scales which may be encountered when seawater 
is heated and evaporated to form concentrated brine. Cal- 
cium sulfate scales are not readily soluble in acid solu- 
tions; consequently, they must often be removed by me- 
chanical methods* 

The mechanism of calcium sulfate scale formation is 
simply precipitation caused by the concentration of cal- 
cium and sulfate ions beyond the solubility of calcium 
sulfate* Two crystal forms of calcium sulfate are involved, 
the anhydrite and hemihydrate. The anhydrite is the most 
insoluble form; therefore, its solubility is first exceeded 
upon concentration of a feedwater containing calcium and 
sulfate ions* Solutions supersaturated with respect to the 
anhydrite are stable for long periods of time. Supersatura- 
tion with respect to the hemihydrate is not as stable as 
that for the anhydrite, so that scaling does not usually 
take place until the concentration of calcium sulfate hemi- 
hydrate is exceeded* The solubility of both the anhydrite 
and hemihydrate decreases with increasing temperature* 


The most common way of preventing calcium sulfate 
scaling in marine seawater evaporators is to maintain a 
blowdown rate sufficiently high that the brine concentra- 
tion will not be saturated or supersaturated with respect 
to calcium sulfate hemihydrate* With proper distilling 
plant operation, calcium solubility limits are avoided and 
no calcium sulfate scales will be formed* 

Both thin-film and submerged-tube low-temperature 
marine distilling plants incorporate a chemical feed treat- 
ment system. This feed treatment system basically con- 
sists of a chemical mixing tank and a proportioning pump* 
A small amount of polyphosphate is automatically added 
to the feed stream so as to chemically react with scale- 
forming ions to produce a soft sludge-type scale that is 
more readily washed from the tube surfaces than the 
calcium carbonate and magnesium hydroxide scales which 
otherwise would be formed. 

b* Acid eleaning* During the operation of a marine 
seawater distilling plant, scale will form on the heating 
surfaces of The evaporator as reviewed in the foregoing. 
This scale is usually 80 to 90% calcium carbonate* The 
remainder is a mixture of calcium sulfate, magnesium 
hydroxide, metal oxides, silica, and miscellaneous depos- 
its. However, when seawater feed is improperly treated 
with polyphosphates, other deposits such as phosphate 
sludges may be formed in large quantities. If fresh feed- 
water is used, silicates or calcium sulfate may be present* 
The rate of buildup and the composition of the deposits 
depend on such factors as the operating temperatures, 
the brine density, and flow rates* Feed treatment and cold 
shocking reduce the buildup of scale, but do not prevent 
or remove deposits entirely* 

The symptoms of scale formation are: 

(a) Consistently rising temperatures in the evaporator 
stages (decrease in vacuum). 

(b) Heating steam pressure to the feedwater heater, or 
heating tube bundle, is required to be above the design 
value to produce the specified temperature at the feedwa- 
ter heater outlet. 

Scaled heat-transfer tubes can be cleaned chemically by 
circulating a diluted acid solution through, or over the 
tubes* Hydrochloric (muriatic) or sulfamic acid are the 
chemical reagents commonly recommended* Hydrochloric 
add should be used only if sulfamic acid is not available, 
and then only by qualified personnel experienced in its 
use. Chemicals used for acid cleaning are somewhat haz- 
ardous; they are hazardous in the sense that most acids 
are dangerous. It is essential that the operator understand 
the potential danger involved with the use of adds. 
If proper precautions are taken, personnel injury and 
equipment damage can be avoided and acid cleaning of 
the evaporator can be accomplished in a minimum of 
downtime. 

Sulfamic acid has become the chemical most commonly 
carried on board ship. No extra precautions are necessary 
in storing or handling dry sulfamic acid; however, since 
the add dust will irritate the nose, eyes, and skin, careless 
handling which may result in its dispersion should be 
avoided* Sulfamic acid is only mildly corrosive to metals 
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Table 4 Correlation of pH with various acidic and basic solutions 



Value 

Typical 

Color® 

Strength 

pH of 

Household Items 

pH of 

Industrial Chemicals 

Logarithmic 
Value to 
Pure Water 

Increasing 

acidity 

0 

1.0 

2.0 

2.5 

3.0 

4*0 

4*5 

5.0 

6.0 

Purple 

Red 

Pink 

Orange 

Gold 

Yellow 

Very strong 

Will dissolve 
average 
scale 

Fairly strong 

Too weak to 
dissolve 
scale 

Mild 

Lemon juice 

Orange juice 

Beer 

American cheese 
Milk 

Sulfuric arid 4.9% (1.0N) 
Hydrochloric acid 0*37% (1.0N) 

Acetic acid 0.67 (0.1N) 

10,000,000 

1,000,000 

100,000 

10,000 

1,000 

100 

10 

Neutral 

7.0 

White 

Neutral 

Distilled water at 


1 





77 F 



Increasing 

8*0 

Light 

Mild 

Egg white 


10 

alkalinity 


Green 






9.0 

Grass 


Borax 


100 



Green 






10*0 

Dark 

Green 

Fairly strong 

Milk of Magnesia 


1,000 


11*0 

Light 



Ammonia 1.7% (I. ON) 

10,000 



Brown 






12.0 

Dark 



Caustic soda 0.4% (LON) 

100,000 



Brown 






13.0 

Black 

Very strong 



1,000,000 


14.0 




Caustic soda 4*0% (LON) 

10,000,000 


“The color assumed by the indicator (e,g., litmus or pH paper) varies depending on the type and range of indicator used. 


and there is no fire hazard involved in its use* Sulfamic 
acid is considerably less objectionable in all respects than 
dilute hydrochloric acid* 

The maximum acid concentration should not be numeri- 
cally less than pH 2.0* A reference for the correlation of 
pH values with various acidic and basic solutions is given 
by Table 4. 

When one pound of sulfamic acid powder with color 
indicator is dissolved in one gallon of water, the solution 
will turn a light red color, indicating sufficient acid con- 
centration to dissolve scale* If the solution is heated to 
approximately 120-140 F, the color will change to a deep 
red* As the solution is circulated through the evaporator 
components and comes in contact with scale deposits, a 
chemical reaction takes place between the scale and add 
which dissolves the scale and reduces the concentration 
of the acid. The by-product of the chemical reaction is the 
liberation of large quantities of carbon dioxide gas, which 
must be vented to atmosphere at some point in the clean- 
ing circuit* 

As the acid is circulated and the chemical reaction takes 
place, scale is dissolved, consuming acid in the process, 
and the solution with gradually change in color to orange 
or yellow, indicating that most of the initial charge has 
been dissipated* At this time a recharge of sulfamic acid 
will be required to increase the acid strength and change 
the color back to red* 

Periodic recharging or makeup of fresh solution will be 
required until the acid solution remains red for % to % of an 
hour after the last acid charge* When this eolor condition 
occurs, the operator can be assured that all soluble scale 
in the cleaning circuit has been dissolved since the acid 
strength is no longer being dissipated by contact with 


scale. The acid should then be completely drained from 
the plant and the entire cleaning circuit flushed with large 
quantities of fresh seawater* 

2*6 Distilling Plant Vacuum Equipment. Proper vent- 
ing of the distilling plant condenser is most important 
to prevent the buildup of noncondensible gases. Air is 
liberated in the evaporator from the entering feedwater, 
which is saturated with air. Carbon dioxide may also be 
released through a breakdown of bicarbonates in the sea- 
water. Since a low-pressure marine evaporator operates 
under a vacuum, small quantities of air also leak into the 
unit through the gasketed joints* If the condenser is not 
properly designed, the gases collect in low-pressure pock- 
ets and render these areas ineffective, thereby reducing 
the performance of the unit. Figures 25 and 26 show the 
vent baffling and shrouding in a typical condenser and 
seawater heater. 

Three different types of systems have been used to 
establish and maintain the low pressure required in the 
evaporation chamber: steam-motivated air ejectors, me- 
chanical vacuum pumps, and water-motivated air educ- 
tors* Of the three, steam-motivated air ejectors have been 
most common; however, mechanical vacuum pumps and 
water eductors are suitable for limited applications. 

The service conditions of a vacuum system vary de- 
pending on the design of the distilling plant* On a sub- 
merged-tube or spray-film distiller, the shell temperature 
and vacuum are maintained at a predetermined value re- 
gardless of the seawater feed temperature, and the vac- 
uum systems for these distillers operate at one suction 
condition* In a flash evaporator, the shell temperature 
varies widely as the seawater feed temperature changes 
throughout the range of 28 to 85 F* The vacuum system 
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must, therefore, be designed to provide proper operation 
at the suction conditions encountered with inlet seawater 
feed temperatures in this range* 

In a two-stage flash evaporator, the temperature in the 
second-stage evaporation chamber will be approximately 
114 F at a seawater temperature of 85 F; however, at a 
seawater temperature of 28 F, the second-stage tempera 
ture will drop to 70 F* The specific volume of steam is 238 
ftVlb at 114 F, but at 70 F the specific volume is 869 ft 3 / 
lb. Consequently, the 28 F seawater feedwater condition 
controls the design of a flash evaporator vacuum system* 
The vacuum system must be capable of extracting large 
volumes per pound of steam and noncondensibles re- 
moved at the lower seawater feed temperature. 


The highly corrosive nature of the noncondensibles re- 
leased in a distilling plant vaporization chamber must also 
be considered in the design of a vacuum system. In addi- 
tion to air inleakage and seawater deaeration loads, the 
distilling plant vacuum system must also remove the C0 3 
that results from the breakdown of carbonates in the 
seawater when it is heated to 170 F, as well as NH S and 
H 2 S, which are also introduced by polluted seawaters, 

a. Steam- motivated air ejectors. Air ejector sys- 
tems used with most marine evaporators are of the two- 
stage noncondensmg type, but single-stage systems can 
be used on sub merged- tube and spray-film units where 
higher shell pressures are maintained* The operating prin- 
ciples of air ejectors are described in Chapter 14, 
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In the case of multistage flash plants, two-stage ejec- 
tors are generally employed in order that a high vacuum 
may be economically obtained* In this case a second air 
ejector element is placed in series with the primary air 
ejector element The first-stage air ejector compresses the 
steam and air to an intermediate pressure, and the second- 
stage element provides the final compression to atmo- 
spheric pressure or slightly above to dispose finally of the 
air and noncondensible gases. A single-stage ejector unit 
is not suitable for operation at a vacuum higher than 
about 27 in. of mercury, and thus all high-vacuum ejector 
installations are provided with two- or three-stage ejector 
elements in series. Three-stage ejectors usually are not 
employed in naval practice because of the extra complica- 
tion involved and the fact that two-stage ejectors are capa- 
ble of evacuating to a sufficient vacuum for all normal 
installations. 

The air ejector motivating steam is condensed in an 
after-condenser, which uses the entering feedwater as the 
cooling medium; such an arrangement is typically illus- 
trated by Fig. 5. This reclaiming of the heat in the air 
ejector motivating steam increases the overall distiller 
efficiency. The air ejector after-condenser is often con- 
structed as an integral part of the evaporator seawater 
heater or part of the heating bundle in the submerged- 
tube or spray-film type of distilling plants* This arrange- 
ment simplifies the construction of the units and reduces 
maintenance requirements by avoiding the necessity of 
an additional heat exchanger. Since noncondensibles in 
the after-condenser section are highly corrosive, the mate- 
rial in the after-condenser portion of a tube bundle should 
be nonferrous. The material commonly selected for this 
service has been 99-10 or 70-30 Cu-Ni, or titanium. 

The air ejector steam chest is usually made of steel; the 
nozzle is stainless steel, and a stainless steel strainer is 
provided. The air chamber and the diffuser must be of 
bronze or copper-nickel construction to resist the corro- 
sive vapors exhausted by the system. 

b. Mechanical vacuum pump. Mechanical vacuum 
pumps have been used on submerged-tube and spray-film 
distilling units, which have less severe vacuum system 
requirements as compared with flash units. Submerged- 
tube and spray-film units normally operate with shell tem- 
peratures in excess of 125 F, and a single-stage vacuum 
pump can be employed. 

In most cases, a liquid-ring pump using fresh water to 
form the liquid ring has been used to minimize the corro- 
sion of pump parts. The fresh water is cooled by seawater 
in a heat exchanger, which is built into the vacuum pump 
seal-water tank. Chapter 14 contains further details con- 
cerning the design and operation of liquid-ring pumps. 

If a vacuum pump were used with a flash distilling 
plant, a two-stage pump would normally be required in 
order to provide satisfactory operation with low seawater 
temperatures. The greater complexity of the two-stage 
system coupled with large component sizes and high costs 
involved in maintaining the pump under severe corrosive 
conditions has limited the use of mechanical vacuum 
pumps to instances where motive steam is not available 
to operate an air ejector. 


c. Water-motivated air eductors. A water-moti- 
vated air eductor has also been used for the submerged- 
tube and spray-film designs which have shell tempera 
tures above 125 F. In these distilling plant designs, more 
water is required for cooling than is actually used as feed 
to the unit. This water is normally directed overboard 
after passing through the condenser bundles; however, 
the excess cooling water can be used as motivating water 
for an air eductor, permitting operation of the eductor 
without having to provide an additional supply of motiva- 
ting water* Figure 10 illustrates such an arrangement* 

In cases where an eductor can fulfill the vacuum re- 
quirements, its use permits a compact installation since 
some steam piping is deleted and an after-condenser is 
not required. Eductors are discussed further in Chapter 
14. 

2.7 Distilling Plant Automation. The Maritime Admin- 
istration Standard Specification for Cargo Ship Construc- 
tion [3] requires that each desalination unit be capable of 
unattended, automatic operation after being put on the 
line locally* Most marine distilling plants can be readily 
automated to such an extent with a few simple controls. 
Since the steam supply is normally from a low-pressure 
extraction point, or alternatively, from a higher pressure 
source reduced to 5 psig and then controlled through a 
fixed critical-pressure orifice in the steam supply line to 
the distilling plant, no automatic control is normally re- 
quired for the steam supply. 

It is necessary to maintain the brine temperature leav- 
ing the seawater heater of a flash plant at a specified 
temperature, usually 170 F; this is done by means of an 
automatic temperature control valve. No control of the 
brine flow leaving the brine overboard pump is required 
since all of the water entering the unit is pumped over- 
board. The only control required on the distillate is that 
of conductivity; a 3-way valve automatically diverts the 
distillate to the bilge in the event that the conductivity is 
not within the specified control limits; the dump valve can 
be provided with an automatic reset* Provisions must also 
be made to stop the feedwater flow in the event of a 
brine pump failure to prevent accidental flooding of the 
evaporator. 

To insure that the water produced will meet the require- 
ments of the U,S. Public Health Service [6], an arrange- 
ment or control in the circuit must be incorporated to 
insure that all of the distillate is heated to at least 165 F; 
otherwise a distillate sterilizer must be incorporated. In a 
submerged tube evaporator or thin-film double-effect 
unit, it is necessary to add a sterilizer to the unit since in 
these types the normal operating temperature throughout 
the system is below 165 F, The steam supply to this steril- 
izer must incorporate an automatic regulating valve. 

Figure 5 shows those controls necessary for a flash 
plant to meet the unattended automatic operation require- 
ment after being put on the line locally* 

Fully automatic operation requires that the plant be 
equipped with automatic control devices to initiate all 
starting sequences upon activation of one pushbutton. 
The following sequence, requiring various controls and 
additional features, is necessary to accomplish automatic 
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starting of a typical two-stage flash plant by a single ON/ 
OFF pushbutton or switch: 

1. The feed pump is started, the brine pump is started, 
an air-operated bypass valve opens in the inlet feed line 
to the first stage. Correct operation of the feed pump is 
proven by a 20-second time-delay pressure switch; if the 
pump pressure does not build up, the plant is secured. A 
high-level switch proves the operation of the brine pump; 
if the pump does not remove the brine from the second 
stage, the high-level switch will secure the plant. A float 
switch with a one-minute delay proves the opening of the 
bypass valve; if a level does not build up in the first stage, 
the plant will be secured. 

2. The steam valve to the air ejector opens after a three- 
minute delay; the delay is obtained by the use of a timer. 

If the air ejector malfunctions and the vacuum is not 
reduced to the operating level in 35 minutes, a vacuum 
pressure switch and timer arrangement will trip the plant. 

3. When the vacuum pressure switch indicates that the 
second stage has reached the operating vacuum condi- 
tions, the steam pressure-reducing valve opens to allow 
20% steam flow. Also activated at this time is a timer that 
continues to open the steam valve, allowing 3o minutes 
for full steam flow to be reached. Opening of the steam 
valve is proven by a temperature switch and timer in the 
inlet to the first stage; if the feedwater temperature does 
not reach 120 F in ten minutes, the plant will be tripped. 

A solenoid valve in the “start-up” desuperheating water 
supply line is also opened by the vacuum pressure switch 
in the second stage. 

4. The condensate pump is started by an electric tloat 
switch in the feedwater heater hotwell. Starting this pump 
secures the start-up desuperheater water supply solenoid. 
Proof of the operation of this pump is determined by a 
pressure switch in the feedwater heater. If the pump does 
not operate correctly, the level in the heater will rise and 
pressure in the heater will increase. The pressure switch 
will trip the plant if the heater pressure reaches 3 psig. 

5. The distillate pump is started by a float switch lo- 
cated in the condenser trough above the normal operating 
level. Proof of the operation of this pump is obtained by 
the use of a low- vacuum trip in the second stage. If the 
condensate level in the condenser becomes excessively 
high, the air ejector suction line will be covered, the vac- 
uum’ will decrease, and the plant will trip. 

6. Additional items also required include: 

• Pump liquid-level control valves are required on the 
brine, distillate, and condensate tines. 

• Steam traps are required in all steam lines; these 
traps should discharge to a drain main in order to 
prevent water hammer. 

• A panel is required at the local automatic start sta- 
tion to indicate the progress of the start-up proce- 
dure. If the plant trips during start-up, this panel is 


necessary to determine the component, switch, or 

relay which caused the trip. 

Simply automating the opening of the steam supply 
valve and air ejector steam supply valve can result m 
possible compromises to reliable and extended operation. 
These services should be put on the line slowly with the 
caution required by sound engineering practice when ad- 
mitting steam to a plant. Therefore, additional control ana 
timing devices to “bleed” warm-up steam prior to opening 
the valves are required. These two valves, once opened 
during an attentive starting sequence, need not be 
touched or regulated to insure proper plant performance. 

The automatic timing of the start-up sequences is neces- 
sarily based on starting with a cold plant plus safety mar- 
gins and, therefore, the timing of successive sequences 
is set for a much longer time than usually required to 
manually start the plant under normal conditions. Conse- 
quently, it would be common for the operator to override 
the automatic start in many instances to decrease the time 
required to get the plant on the line. 

Reference* 

1 “Distillation Units, Water; Steam, or Flashed Va- 
por Operated, or Fresh Water Heated, Low Pressure, Na- 
val Shipboard,” Military Specification MIL-D-18641._ 

2 "Distillation Unit, Water, Thermocompression, 
Military Specification MIL-D-16196. 

3 “Standard Specification for Cargo Ship Construc- 
tion,” Office of Ship Construction, Maritime Administra- 
tion! U.S. Department of Commerce. 

4 “International Standards for Drinking Water, 
World Health Organization, Geneva. 

5 H. U. Sverdrup, M. W. Johnson, and R. H. Felming, 
The Oceans— Their Physics , Chemistry, and General 
Biology, Prentice-Hall, Inc., Englewood Cliffs, N.J., 1942. 

6 “Handbook on Sanitation of Vessel Construction, 

U.S. Public Health Service, Department of Health, Educa- 
tion and Welfare. , 

7 C. D. Rose, J. Heck, and W. Pergande, “New Elec- 
tric Motor Driven Vapor Compression Distilling Plants 
for Navy Surface Ships,” ASNE Journal, American Soci- 
ety of Naval Engineers, May 1985. 

8 Phillip Liu, “A New Concept in Marine Desalina- 
tion— The Thermal Compression Distilling Plant,” Ma- 
rine Technology, Vol. 27, No. 3, May 1990. 

9 Joseph F. Pizzino, Wayne L. Adamson, and W. 
Smith, “Reverse Osmosis for Surface Ship Desalination, 
An Overview,” ASNE Journal, American Society of Na- 
val Engineers, May 1991. 

10 P. Hoornaert, Reverse Osmosis, Pergamon Press, 
New York, 1984. 

11 D. Q. Kern, Process Heat Transfer , , McGraw-Hill 
Book Co., New York, 1950. 

12 W. H. McAdams, Heat Transmission, McGraw- 
Hill Book Co., New York, 1954. 


CHAPTER XVIII 


Thomas P. Mackey 


Hull Machinery 


Section 1 

General Design Considerations 


1.1 Scape. Broadly defined, “hull machinery 1 ' in- 
cludes all power-driven equipment located outside the ma- 
chinery spaces that is not associated with the main propul- 
sion plant. Included as hull machinery are such items as 
Steering gears, anchor windlasses, all types of winches, 
cranes, capstans, elevators, cargo access equipment, 
thrusters, special rudders, and stabilizers. Few of these 
types of equipment require design techniques beyond 
those of standard machine design and control system 
practices, which are adjusted to make the equipment suit- 
able for the marine environment and to cope with the 
unique situations often encountered on board ship. This 
chapter, therefore, is oriented to the design considerations 
peculiar to marine equipment. 

Close cooperation is required between the marine engi- 
neer and the naval architect in the design of hull machin- 
ery. As a consequence, this chapter has been written to 
complement the Society's publications Principles of Na- 
val Architecture and Ship Design mid Construction , 
which emphasize the naval architect's role in the design 
of hull machinery. 

A number of ASTM (American Society for Testing and 
Materials) and International (ISO) Standards have been 
developed for hull machinery. ISO Standard ISO 7825 de- 
scribes j 'General Requirements 71 for deck machinery. 
Other standards are also referenced in this chapter. The 
appropriate current ASTM and ISO Standard should be 
referred to when specifying or designing ship's hull ma- 
chinery. ASTM Shipbuilding Standards are published as 
a separate ASTM volume, Volume 01.07. 

One consideration that must be made in hull machinery 
selection is the trade-off between initial procurement cost 
and life-cycle cost. The overall design requirements may 
include required duty cycles, which make certain types of 
hardware more appropriate than others. 

1.2 Types of Drives. There are, for most practical 
purposes, only three types of drives for hull machinery: 
electric, electrohydraulic, and occasionally steam. How- 
ever, direct diesel engine drives are also often used for 
thrusters and some types of deck machinery. 

Steam-driven units are seldom installed aboard ship. 
They are specified for some steam-powered tankers, and 
because they do not spark, they are sometimes used in 
the vicinity of hazardous cargoes. Steam-driven units 
have the advantage of a very high slack rope speed, and 
the equipment is generally very rugged, simple, and easy 


to maintain. However, the difficulties encountered in 
keeping steam mains properly insulated and the problems 
associated with maintaining an adequate steam flow in 
cold weather tend to outweigh these advantages. The reli- 
ability and ease of obtaining variable speeds from hydrau* 
lie and electric drives, the desire for remote control and 
automation, and the steady decline of steam as a means 
of propulsion have pointed the development of hull ma- 
chinery drives away from steam and toward electrohy- 
draulic or electric powering. 

1.3 Mechanical Details. One of the obvious points to 
be considered in the design of hull machinery is that it is 
necessary to design for the pitch, roll, trim, and list of the 
ship. All machinery should be designed for at least the 
following conditions: 

* A pitch of 10 deg (bow up to bow down) 

■ A permanent trim of 5 deg by either the bow or stern 

* A roll of 30 deg (each side) 

■ A permanent list of 15 deg to either side 
However, no two of these conditions are considered to 
occur simultaneously. 

In the case of equipment that is not used at sea under 
storm conditions (e.g., mooring and accommodation ladder 
winches), the design conditions listed apply only when the 
equipment is in the stowed condition. 

In many cases, a common bedplate for the driving and 
driven equipment is preferable, in order that alignment 
may be more easily maintained. For heavily loaded deck 
machinery and for equipment with a large ^^ footprint J ,, 
however, it is preferable to arrange the foundations to 
directly transfer the forces into the hull structure. A large 
bedplate can add substantial weight, but limited strength. 
Consideration of the location of ship structural members 
when locating heavily loaded deck machinery can reduce 
the foundation strength requirements. 

Access for painting etc. is also important. In some cases, 
welding the equipment to the deck will yield the best 
arrangement, but the feasibility of realignment and dis- 
mantling for maintenance and repair must be considered. 
With proper specifications at the time of procurement, 
some deck machinery could be delivered by the vendor 
with an integrated foundation, thereby eliminating any 
accessibility concerns on the part of the shipyard. 

In some instances, such as central hydraulic systems 
and some capstans and windlasses, the driving and driven 
assemblies are mounted on different decks. When such 
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two-deck arrangements are employed, provisions must 
be made to accommodate the deck deflections and small 
amounts of lateral displacement between the two assem- 
blies. Where a shaft connects the two assemblies, flexibil- 
ity is usually provided by a flexible coupling; if the connec- 
tion between the two assemblies is hydraulic piping, the 
relative movement between assemblies can be accommo- 
dated by using hydraulic hoses or by designing flexibility' 
into the' piping arrangement (i.e., by looping or offsetting 
the piping, taking care to avoid elevated regions which 

would trap air). , , 

Motors or gearboxes located in the weather should be 
provided with watertight housings, while those located 
below deck or out of the weather may be provided with 
either totally enclosed fan-cooled or dripproof protected 

housings. , .. . . , 

Rotating machinery should be aligned with the axis ot 
rotation longitudinal to the ship. This avoids high bearing 
loads, which would be experienced during ship roll if 
mounted transversely. 

Bearings generally may be either of the sleeve or anti- 
friction type. Sleeve bearings should be made of a good 
grade of bearing bronze. Antifriction bearings are subject 
to “brinelling" caused by vibration. If the ball or roller 
presses away the grease in its ring contact surface, and 
the grease film is not reestablished prior to the next vibra- 
tion contact, brinelling can result However, a suitable 
lubrication arrangement and the use of the proper lubri- 
cant can prevent this type of brinelling. Where bearings 
will be subject to impact loading, as on the wildcat shaft 
of the windlass, they should be either bronze sleeve bear- 
ings or spherical roller bearings, which combine shaft 
flexibility and high load-carrying capacity. 

Antifriction bearings should be used in any location 
where positive alignment, minimum lost motion, or free- 
dom from wear is essential for proper operation. Some 
locations that fall into these categories are: motor bear- 
ings, steering gear differential control assemblies, worm 
and worm wheel shafts, and tension-sensing assemblies 

as on automatic mooring winches. 

Reduction gears should be totally enclosed and provided 
with an oil bath lubrication and with means for filling, 
draining, and measuring the lubricant level. Properly gas- 
keted inspection and maintenance openings should be pro- 
vided in all gear enclosures. It is suggested that the inte- 
rior of gear cases be sandblasted and properly coated 
before final assembly. 

The design and manufacture of gearing for hull machin- 
ery should be in accordance with recognized standards, 
such as those of the American Gear Manufacturers Asso- 
ciation. No compromise for strength should be allowed 
when designing the gearing, but it is considered accept- 
able practice to make some adjustments in the calculations 
for wear because most hull machinery operates on an 
intermittent basis. The wear rating of gearing for hull 
machinery can be increased because of its intermittent 
usage. The range of wear load service factors that may- 
be considered, that is, the factors by which the nominal 
gear working loads can be multiplied by to arrive at the 
design wear loads, is given in Table 1. 


Table 1 Wear load service factor for gears 


Equipment F actor 


Capstans 

Crane machinery °' 7- i n 

Steering gear drives l-U 

Winches, cargo 

mooring a® 

other 0,35-1.0 

Windlasses 0.35-0.5 


Spur, helkal, and herringbone gearing should be of 
steel, should have machine-cut teeth, and may be heat 
treated to increase ratings. Worms should be made of 
steel and be integral with their shafts, and worm wheels 
should be made of bronze. When a worm wheel is large, 
say over 8 in. pitch diameter, it may be made with a bronze 
rim bolted to a steel hub. In order to obtain a high degree 
of mechanical efficiency, worm reductions should be of 
an overhauling type, There are, however, instances where 
a nonoverhauling feature is more important than the effi- 
ciency considerations involved. Additionally, it is good 
practice to avoid the use of worms on overhung shafts 
because of the misalignment that can result from the 
worm shaft deflecting. 

Brake linings should be of an incombustible, non-asbes- 
tos material that is not adversely affected by heat, salt 
atmosphere, or moisture. In the past, asbestos was the 
most commonly used brake lining material, but for health 
reasons regulatory agencies in several countries no longer 
allow its use. Some non-asbestos brake linings prov ide 
lower friction, but the difference between static and dy- 
namic braking power can be smaller than for an asbestos 
lining. Brake fade under elevated temperatures is another 
significant consideration for non-asbestos material. W o- 
ven linings are usually manufactured using a resinous 
binder. It is suggested that the linings be baked in accord- 
ance with the manufacturer's recommendations to re- 
move any excess amount of binder before the linings are 
installed, (There is additional discussion regarding lining 
materials and their installation in Section 3, which is de- 
voted to the anchor windlass.) 

Where flexible couplings are used, as between motors 
and pumps, they should be of the all-metal type, prefera- 
bly all steel. „ 

All fasteners exposed to the weather up to and including 
y z in. diameter should be of nonferrous material or stain- 
less steel. Larger fasteners may be cadmium plated or 
galvanized steel. Breathers and drain check valves should 
be of a nonferrous material or stainless steel. Dowels and 
taper pins should be of stainless steel. Aluminum should 
not be used for watertight enclosures. 

The rope-contact surface of capstan, warping, and wind- 
lass heads should be hardened to a depth of at least y i6 in. 
to a minimum of 300 BHN to provide an abrasion-resistant 
surf&CG 

The main rams for steering gears are hydraulic cylinder 
rods, but because they are invariably located below deck 
and out of the weather, they need no surface protection 
other than that provided by the hydraulic oil that adheres 
to them as they move in and out of the cylinders. All other 
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cylinder rods, including those located in cargo holds where 
dust may be present, should be plated. The outer layer of 
plating should be of chromium because of its fine finish. 
However, chromium plating frequently contains cracks, 
invisible to the eye, which will allow seawater or moisture 
to penetrate and start corrosion. The corrosion spreads 
under the layer of chromium and separates the plating 
from the steel rod. The rusted surface then is free to 
abrade the packing in the cylinder as the rod moves in and 
out. This can be avoided by first applying a plating of 
nickel on the rod. The nickel plating provides a completely 
impervious coating, but is rough and would, in itself, tend 
to wear out the packing and cause leaks. Therefore, a 
layer of chromium must be added over the layer of nickel, 
Each coating should be 0.0005 to 0.001 in. thick. It is 
advisable to provide wipers on the rods to prevent dirt 
from being drawn into the packing. In some locations, it 
may be advisable to provide boots on the rods to further 
protect against an accumulation of dirt on the working 
portion of the rod. If boots are installed, they should be 
of a dear plastic material so that any leakage of oil into 
the boot may be observed. Wherever possible, the ar- 
rangement of the rod and cylinder should be such that the 
rod is withdrawn into the cylinder when the equipment 
is secured to protect the rod from surface deterioration 
caused by extended exposure to the weather. 

Foundations for hull machinery are usually made of 
inverted angles that are welded to the deck. Each item of 
hull machinery usually is provided with a base that has a 
true, machined mounting surface; however, a chocking 
system that uses an epoxy resin may also be used. 

When using a poured-in-place epoxy resin system, spac- 
ers (which may be nothing more than small pieces of V 2 - 
in.-thiek steel) are placed on the foundation angles to posi- 
tion the machinery unit at the desired height The unit of 
hull machinery is lowered onto these spacers, and the 
foundation bolts are inserted, but the nuts are run up only 
“finger tight/ 5 Alternatively, one adjustment screw that 
penetrates each equipment foundation pad is screwed 
against the inverted angles. The height established by 
the spacers is adjusted until the alignment is acceptable. 
Three sides of each foundation mating surface are then 
provided with temporary dams, and the space between 
the equipment base and the foundation is poured full of 
the liquid epoxy material and closed. Considerable care 
must be taken in pouring the liquid epoxy. After about 48 
hours (or such time as is required by the particular mix- 
ture being used), the temporary dams are removed, and 
the foundation bolts are properly tightened. No attempt 
is made to remove the spacers. The equipment is then 
properly seated and the epoxy between the equipment 
base and the foundation provides a high degree of corro- 
sion protection and has a high shock-load resistance due 
to the inherently high coefficient of friction between the 
epoxy and the steel. This system has proven satisfactory 
and is accepted by the regulatory bodies; however, only 
certain mixtures and methods of application are permitted 
by the regulatory bodies. 

Stress analyses should be made during the design of 
all hull machinery. These should include calculations for 




gearing, bearings, shafting, structural components, foun- 
dation bolts, etc. For merchant ships, the normahd uty 
stresses should not exceed 40% of the yield point of the 
material and maximum stresses should not exceed 75% of 
the yield point; however, other design criteria regarding 
stresses may be required by the approval authority. 

Where automatic or oil-bath lubrication is not fur- 
nished, pressure gun grease lubrication should be sup- 
plied. 

1.4 Hydraulic Details. The hydraulic systems used 
aboard ships vary widely in variety and complexity; how- 
ever, most shipboard hydraulic systems bear a degree of 
similarity with either the constant-flow, constant-pres- 
sure, or demand systems shown in Figs. 1, 2, and 3, respec- 
tively. 

The major components of a constant-flow hydraulic sys- 
tem are the fixed-delivery pump, unloading valve, and 
control valve. When the pump is started, fluid is some- 
times delivered to an accumulator, which is usually of the 
pneumatic type, until the accumulator pressure equals 
that of the unloading valve setting. If there is no demand 
on the system, the unloading valve opens to bypass the 
pump discharge back to the tank, and the pump runs 
continuously . At the same time, the check valve holds the 
fluid pressure in the system so that it is immediately 
available upon load demand. 

When a throttle or control valve to an attached hydrau- 
lic actuator is opened, the system immediately provides 
fluid to this load and the discharge causes a drop in system 
pressure. In turn, the unloading valve closes and the pump 
discharge is returned to the active system. Upon a de- 
crease in the load demand, the system pressure again 
rises to actuate the unloading valve, and the load cycle is 
complete. The sump tank is replenished by returns from 
the exhaust lines of the attached loads. 
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SUPPLY 
TO OTHER 
LOADS 



Fig. 2 Constant-pressure hydraulic system 


Constant-pressure hydraulic systems, as shown in Fig. 
2, generally use one or more variable-delivery pressure- 
compensated pumps that supply hydraulic fluid at a sub- 
stantially constant pressure to either a system of multiple 
loads or to a single load, such as a hydraulic elevator 
hoist The constant-pressure hydraulic system pump takes 
suction from a sump tank and discharges directly into the 
main supply piping. When the pumping capacity exceeds 
the load requirements, the system pressure increases to 
a predetermined value, at which point the pressure com- 
pensator acts to take the pump off stroke, thus stopping 
or reducing the flow of hydraulic fluid. A relief valve is 
provided to protect against overpressurization in the 
event that the pressure compensator fails to properly re- 
duce the stroke of the pump. When the system demands 
cause the system pressure to drop to a preset value, the 
pressure compensator acts to put the pump on stroke, 
thus restoring the flow of the hydraulic fluid to recharge 
the accumulator, if installed, and to maintain the system 
operating pressure. The fluid flow to the individual loads 
may be controlled by a variety of types of valves, in addi- 
tion to the three-position valve shown for simplicity in 
Fig. 2. 

The demand hydraulic system, as shown in Fig. 3, is a 
closed-loop system particularly adapted to meet the pre- 
cise demands of varying loads such as steering gears and 
automatic weapon-handling equipment. The variable- and 
reversible-delivery main pump does not take suction from 
a sump tank, as a loop of oil is maintained between the 
main pump and the load. The closed loop eliminates a 
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significant amount of pressure drop, which would exist if 
the load control were achieved by a servo valve located in 
the main hydraulic piping. A servo pump and a replen- 
ishing pump, often driven by the same shaft as the main 
pump, provide actuating fluid to stroke the main pump 
and to provide makeup fluid to the closed loop, respec- 
tively. Control of the main pump is accomplished by com- 
mand and feedback signals. The command and feedback 
signals may be composed of a combination of mechanical, 
electrical, or hydraulic devices. 

In one type of hydraulic steering system, a rudder-posi- 
tion command signal originates in the wheelhouse while 
a mechanical feedback signal, which relates the position 
of the rudder to the helm position, is originated from the 
steering gear. The input command signal is converted to 
a mechanical command signal at the steering gear control 
differential. The feedback is the other input to this differ- 
ential, which then measures the “error” between the helm 
and rudder positions. The “error” is translated into the 
form of mechanical motion to a rotary servo or other 
appropriate device, which controls the flow of pressurized 
fluid to stroke the main pump. The response is one of 
direction, as well as magnitude, so that the error is cor- 
rected in either the right or left rudder direction. The rate 
of rudder motion is dependent on the magnitude of the 
error or differential within the limit of the available pump 
stroke. For small differentials, as when holding a course, 
the pump stroke is moderate and the rudder response is 
slow. When going hard over in an emergency, the wheel 
will be well ahead of the rudder, the pump will be forced 
on maximum stroke, and the rudder rate will be at its 
maximum. 

The same principle is advantageous in hoisting machin- 
ery drives in which a motor runs continuously in one direc- 
tion to drive the variable-stroke pump, and the hydraulic 
actuator {motor or ram) is started, stopped, reversed, and 
driven at infinitely variable speeds within the system ca- 
pacity by simply varying the pump stroke. 

Accumulators have a variety of applications in ship- 
board hydraulic systems. For shipboard use, they are usu- 
ally pneumatic. In typical applications, accumulators are 
used to minimize the pumping capacity that is required in 
systems which have large oil-flow demands followed by 
significantly lower demands or idle periods. They are also 
used in applications w T here an instantaneous source of 
hydraulic oil must be provided in response to intermittent 
demands or to provide a source of emergency power in 
the event of a power failure. In systems that must be held 
under pressure indefinitely, accumulators may also be 
used to make up small increments of possible leakage, 
thereby eliminating the need of frequent short pumping 
cycles. 

Central hydraulic systems are advantageous in many 
cases, especially in large tankers, where safety regulations 
limit the installation of electrically powered equipment 
Hydraulic pumping stations serving two or more pieces of 
equipment have been used in a variety of applications 
aboard ships. Most difficulties experienced with such sys- 
tems have been due to deficiencies associated with system 
design, cleanliness, or venting. The basic engineering of 


centralized hydraulic systems is of major importance to en- 
sure that the system elements are compatible and are capa- 
ble of functioning to meet all requirements. 

Cleaning, as well as venting, the system also starts in 
the design stage. Not only must access for flushing be 
provided during the design stage, but also the design mtist 
be checked to ensure that the flushing velocities will be 
sufficient to clean the system. Additionally, pockets and 
voids, which would tend to collect foreign matter, must 
be avoided. 

Great care must be exercised in fabricating and install- 
ing both lubricating and hydraulic oil piping to avoid con- 
tamination. In addition, all systems should be thoroughly 
cleaned after installation. Reference I describes the prob- 
lems associated with hydraulic system contamination and 
makes some suggestions concerning hydraulic system 
cleanliness and how it can be maintained. The subject is 
discussed further in reference 2 and several recommenda- 
tions are made. Recommended practices for the flushing 
and cleaning of marine lubricating oil and hydraulic sys- 
tems are contained in ASME Standard No. 113. Good seals 
are required to prevent contaminants from entering the 
system; a thorough cleaning of the seals after installation 
is also important. Where possible, the manufacturer 
should completely assemble, clean, and charge the equip- 
ment with oil for protection until it is placed in service. It is 
also necessary to adequately protect machined surfaces, 
such as brake drums and cylinders, which must be rust 
free at the time of final installation on the ship's deck. 
Machinery is often stored outdoors and unprotected at 
the shipyard, sometimes for several months; therefore, 
the protection of exposed machined surfaces is essential. 

When hydraulic equipment is used, the bedplates for 
the pumping units should be provided with an oil-retaining 
rim so that any leakage will be confined to a limited area. 

There are two possible arrangements of centralized hy- 
draulic systems that may be considered for merchant 
ships. In one, the bow anchor windlasses and forward 
mooring equipment are driven by one system and the aft 
mooring equipment by another system. Alternatively, all 
anchoring and mooring equipment, including capstans, 
can be driven by a single system. 

In the first case, the pumping units would be located 
dose to the driven equipment so that the piping runs 
would be comparatively short. In the second case, the runs 
would be long, but the pumping units could be located in 
the engine room where they could be serviced readily. 

Great care must be taken in sizing the pumps and piping 
for any of these central systems in order that there be 
adequate capacity for the maximum simultaneous loads. 
In the engine room system, three or four pumps may be 
provided to handle the maximum load. These pumps would 
be cut in or out as the loads vary. 

Most hull machinery hydraulic systems are either ex- 
posed to the weather or are installed in unheated parts 
of the ship. For these reasons, during the design stages 
consideration must be given to the ambient temperatures 
to be encountered and the viscosity characteristics of the 
oil selected. If it is not possible to warm up the system 
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prior to actual operation, heating of the oil in the sump 
by electric heaters may be desirable. 

Hydraulic piping that will be exposed to the weather 
should be of a corrosiomresistant material, such as stain- 
less steel, except in the largest sizes used in ship-wide 
central hydraulic systems. If steel piping is used, its wail 
thickness should include an allowance for corrosion. 

Hydraulic systems for steering gears, windlasses, 
winehes, cranes, etc. should be provided with gage connec- 
tions fitted with shutoff valves so that system perform- 
ance may be checked during initial testing and regular 
overhaul periods. The gages should be valved off and 
should have gage snubbers in the line to prevent damage 
by system pressure pulsations. 

Hydraulic sumps, or reservoirs, should generally be 
large enough to contain 110% of the volume of oil in the 
system so that the system may be drained to the sump 
for servicing or maintenance. Even when a system cannot 
be drained to the sump, because the units served are below 
the sump, it is good practice to provide a sump large 
enough to contain all of the oil in the system; that is, after 
the entire system, including all variable-displacement 
units, has been filled, the pump suction should still be 
flooded to the operating level 

Pumps taking suction from a sump tank can be fitted 
with a suction strainer, but no filter should be installed in 
the suction line since a partly clogged filter can cause a 
pressure drop that can result in a breakdown of the pump. 

A full-flow filter in the discharge line is a good safety 
device. The filter should be equipped with an indicator that 
will show the pressure drop across the filtering element. 

1.5 Electrical Details. The characteristics of electrical 
equipment are discussed in Chapter 19. Electrical equip- 
ment should be either watertight, totally enclosed fan- 
cooled, or drip proof protected as dictated by its location, 
in or out of the weather. Motors should have natural venti- 
lation in most instances, and bearings that are perma- 
nently lubricated and sealed. Watertight motors should 
be equipped with an automatic drainage fitting. Where a 
brake or gear is to be mounted directly on the motor shaft, 
the shaft should be tapered and fitted with a key and 
locknut. 

Electric brakes are normally of the spring set, solenoid 
released, shoe disk type. Brakes should be of sufficient 
capacity to stop and hold the load under any condition of 
operation or testing. Brakes are commonly designed to 
support 200% of the normal operating load, and tests 
should be performed to confirm this capability. Water- 
tight brakes are frequently fitted with an external hand 
release so that, in the event of a power failure, the load 
may be safely lowered without the necessity of removing 
the brake cover. 

The enclosures for watertight shoe brakes should ffe of 
Y^in .-thick stainless steel or of ^-in.-thick mild steel that 
is treated both on the inside and outside with an inorganic 
zinc coating, and the hardware should be corrosion resis- 
tant- The slight extra cost for these designs will ensure 
that the enclosure will last for the life of the ship. The 
watertight enclosure should be fitted with an automatic 
drainage fitting. 


Where possible, control panels should be arranged so 
that they may be serviced from the front. This will allow 
panels to be mounted back-to-back or against a bulkhead. 
Where the panels are to be mounted in the weather, the 
enclosures should be of stainless steel with corrosion-re- 
sistant hardware. 

Limit switches are a potential source of trouble, particu- 
larly when they are exposed to the weather. Their reliabil- 
ity is further impaired if they are subject to being coated 
with paint when the equipment is painted. Great care 
should be taken in their selection to ensure that they are 
of rugged construction. Shafts in limit switches should be 
of bronze, monel, or stainless steel. Proximity switches 
are much more reliable and are the preferred alternative. 
Proximity switches are available in different housings and 
with a large range of sensing distances. These sensors 
are not influenced by salt, dirt, most paints, or seawater, 
and they operate quickly and safely. 

Master switches for variable- or multiple-speed equip- 
ment should be of the cam type with vertical handles 
having integral knobs. They should be permanently 
marked to indicate operating directions and, if the control 
is of the multiple-speed type, there should be detents so 
that the operator can sense the speed points. The enclo- 
sures should be adequately protected against corrosion 
and should be raised to a convenient working height. 
Many owners prefer that even cam-type master switches 
be of the "spring return to OFF" type to guard against 
the possibility of the equipment being left running in the 
absence of the operator. If this type of switch is provided, 
the detents must be very slight so that there will be no 
chance of the handle "hanging up" on one of the running 
points. 

All hull machinery control equipment, except steering 
gears, must incorporate undervoltage protection due to 
regulatory body requirements. If the master switch is not 
of the “spring return to OFF" type, the control circuitry 
should be arranged so that it is necessary to return the 
master switch to the off position to reset the undervolt- 
age relay. If the controller overload relay is of the manual 
reset type at the controller, no extra undervoltage control 
relay need be provided. If the controller overload relay 
is of the automatic reset type or if an automatic reset 
temperature-sensing element is built into the motor, un- 
dervoltage protection should be provided by an undervolt- 
age relay that will not reset until the master switch is 
returned to the off position. 

Heaters should be provided for all watertight motors 
and brakes and, where space permits, in watertight mas- 
ter switches; heaters should also be provided for all motor 
controllers. The heaters should be connected to an electric 
circuit that is continuously energized and independent of 
the power feeders. One method of providing heating for 
alternating-current motors is to provide reduced voltage 
in one of the three phases. All heater circuits should be 
arranged so that they will be interrupted when the main 
power circuit for the motor is energised. 
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Section 2 
Steering Gears 


2.! Introduction. Steering gear arrangements in 
great variety have been used to control the position of 
ships rudders [3,4,5]. The advent of variable-stroke, bi- 
directional pumps made possible the design of ram-type, 
closed-loop hydraulic steering gears of a torque capacity 
adequate for the largest vessels. These pumps, which are 
largely of the axial-piston type, are driven continuously 
in one direction of rotation. The pump discharge is varied 
in rate and direction by controlling the stroke of the pump 
pistons. Right and left rudder motion and the holding 
of rudder position are, therefore, accomplished very 
smoothly. 

Several types of electrohydraulic steering gears offer 
advantages in particular applications. A common one is 
the Rapson-slide, which is particularly well suited for 
higher rudder torque ratings because its arrangement 
provides an increasing mechanical advantage at larger 
rudder angles (see Section 2.3). Rapson-slide steering 
gears may be of either the single- or the double-ram type. 
Figure 4 is an illustration of a double-ram unit. 

The link-type steering gear, which is typically illus- 
trated by Fig. 5, also employs a ram group. However, the 
principle of operation is considerably different, as dis- 
cussed in Section 2.3. Link-type steering gears generally 
have a decreasing, rather than increasing, mechanical ad- 
vantage at larger rudder angles. However, there are two 
cases for which a link-type steering gear is ideally suited. 


One is where there is insufficient space around the rudder- 
stock to permit the installation of rams. By comparing 
jgs. 4 and 5, it will be seen that the space required in 
way of the rudderstock is considerably different for the 
two types. The other case is for a twin-rudder ship, which 
can be arranged so that one link-type steering gear can 
serve both rudders, as shown by Fig. 5. 

A third type of electrohydraulic steering gear is the 
rotary-vane, which is illustrated in Figs. 6 and 7. Rotary- 
vane steering gears have no rams; they consist of a hous- 
ing or stator, which is fixed to the foundation and contains 
two or three vane cavities, and a rotor with vanes 
attached, which acts as a tiller. The rudder torque is devel- 
oped by the differential pressure that acts across the 
vanes, which can be seen in Fig. 7. Rotary-vane steering 
gears are suitable for any rudder torque rating. The same 
torque is available at any attainable angle, which is nor- 
mally 40 deg for 3-vane actuators and 65 deg for 2-vane 
types. They offer the advantages of simplicity, low space 
requirements, low weight, higher attainable rudder 
angles, and, in many cases, lower procurement and instal- 
lation costs but perhaps more maintenance costs. Rotary- 
9 taring gears are often used when high-maneuver- 
ability rudders, requiring larger rudder angles, are spec- 
ified. 

Rotary-vane steering gears generally use fixed-dis- 
placement pumps operating at lower pressures than ram- 
type steering gears, normally 870 to 1450 psi compared 
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Fig. 4 ftapion- slide type steering gear 
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Fig. 6 Vane type steering gear with dual power units 


with 1500 to 2500 psi, and sometimes higher pressures, 
for ram-type steering gears. The reason for the lower 
operating pressures is to guard against lip-seal leakage 
in the rotary-vane actuators. 

There are several variations of rotary actuators for 
steering systems, including rotary pistons and rack-and- 
pinion actuators. A unitized design rotary-piston type ac- 
tuator is shown in Fig. 8. 

Clevis-mounted electrohydraulic steering gears, such 
as illustrated by Fig. 9, are used extensively on smaller 



Fig. 7 Spherical rotor/ vane actuator — cutaway view 


craft, but have been installed on large cargo ships* Clevis- 
mounted units consist of one, two, or four, single- or dou- 
ble-acting cylinders. The cylinder ends are pinned to the 
deck or foundation and the piston rod end is attached to 
the tiller, also by a pinned connection. Oil is supplied to 
the cylinders via flexible hoses. Because of the critical 
function of the steering gear, care must be taken to spec- 
ify only heavy-duty, high-quality hydraulic cylinders and 
to" avoid potential failure points, such as unsecured 
screwed-on piston rod ends or unsuitable hydraulic compo- 
nents or hoses that could cause failures. This type of 
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Fig. 8 Unitized rotary-piston iteering gear 


steering gear is normally supplied by fixed-displacement 
pumps and operates at a lower pressure than Raps on-slide 
or link types. The hoses require routine inspection and 
replacement to assure steering system reliability. 
Steering gears, particularly Rapson-slide and some ro- 
tary types, can be further classified as being of a 
ized” construction, in which ease the entire steering gear 
is assembled as a unit at the manufacturer's plant and 
is installed as a unit by the shipbuilder (as opposed to 
constructing the ram groups and power plants as separate 


entities, each of which must be provided a foundation 
by the shipbuilder and each of which must be connected 
together by the shipbuilder). Unitized construction is not 
only economical in terms of shipboard installation costs, 
but it also reduces opportunities for foreign matter to be 
introduced into the hydraulic system because the unitized 
gear is completely assembled by the manufacturer and 
shipped full of oil as a preservative. 

2.2 Rudder Torque Rating. One of the more difficult 
aspects of the ship design process is the calculation of 
the maximum rudder torque for which the steering gear 
should be designed. Although ship specifications may stip* 
ulate the maximum design rudder torque, in some in- 
stances they usually state that the steering gear shall be 
capable of moving the rudder at a prescribed rate when 
the ship is proceeding at maximum ahead speed. With the 
ship specifications written in this manner, the shipbuilder 
has the responsibility of determining the maximum design 
rudder torque. 

Some of the analytical procedures which have been em- 
ployed to estimate the maximum design rudder torque are 
discussed in detail in references 6 and 7. It may be noted, 
however, that there can be a considerable difference be- 
tween the rudder torque values predicted using the vari- 
ous procedures. The situation becomes further clouded 
when attempts are made to correlate analytical predic- 
tions with test results. 

In many cases, the data obtained during steering gear 
tests consist of only the time required to complete a ma- 
neuver and the maximum pressure that was observed 
during the maneuver. The value of such data is limited 
because the rate of rudder movement during the maneu- 
ver is not known with certainty and the "maximum pres- 
sure^ is often not fully qualified as to exactly at what 
rudder angle it occurs, how long it was sustained, etc. The 
rudder angle at which a pressure occurs must be known 
in order to relate the pressure to a torque value. 

More recently, sophisticated test instrumentation has 
been used to continuously record the rudder angle, ram 
pressure, ship's heading, etc,, as a means of defining the 
actual operating conditions during the underway trial. 
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Fig. 10 Link motion dtogmm 


While this procedure gives definitive rudder rate ' da ta, 
problems are nevertheless still encountered in es 
ing the "maximum” rudder torque observed if the data 
cannot be interpreted clearly. For example, spikes in the 
recorded pressure data may reach values higher than nor 
mallv expected and be of such a short duration that the 
S valves do not lift. Such spikes are usually disre- 

^Th^most reliable method of estimating the n^m^n 
rudder torque required for a given ship is to firstseiecta 
similar ship for which trial data are available. N^.usmg 
one or more computational procedures, such as described 
in references 6 and 7, estimate the rudder torque re( I u “£ 
for the similar ship and then compare the espmate with 
the trial results. If there is a significant disparity between 
the calculated torque and the torque by the 

trial results, determine a correction factor that can oe 
applied to the estimated torque to make itagree with the 
trHl results. After the correction factor has been estab 
lished use the same computational procedure and apply 
the established correction factor to estimate the rudder 
torque required for the ship in question. Even after com- 
pleting this procedure, the proper maximum design rud- 
der torque can seldom be stated with certainty; however, 
in the final analysis, a single design value must be .e 

'tf Rom Actuators. Hydraulic steering gears em- 
ploying fixed rams are generally of either the Rapson- 
slide type shown by Fig. 4, or the link type, shown by 
Fie- 5 A force diagram for a link arrangement is shown 
in Fig. 10. As can be seen, when the rudder is hard ove ^ 
the effective crosshead arm (i.e,* the torque arm) is \ery 
nearly equal to the tiller radius multiplied by the cosune 
of the hard-over angle with the link arrangement. The 
torque arm, therefore, is usually least when the tor que 
be developed is at its maximum; as a result theforce 
required with this arrangement are ^vely large. The 
torque developed by a single-ram link arrangement is 

Q = FR cosa M 

where 

q = torque developed, in.-lb 

F = ram force, lb 

R — tiller radius, in. 

a — rudder angle, deg 



Fig. 1 T Rapson-slide force diogram 

As may be seen from Fig. 11, an increasing mechanical 
advantage is obtained at larger rudder angles with the 
Rapson-slide type of mechanism. The torque developed b> 
a single-ram Rapson-slide arrangement is 

F R FR (2) 

cosa cosa cos^a 

where the terns are as defined for equation (1) and [shown 
hv F\e 11 For the same ram force and tiller radius, the 
torque that can be developed by a Rapson-slide arrange- 
ment is greater than the capability of a ^/JfdSThis 
hv a factor of cos 3 a. At a rudder angle of 3o deg, th 
factor is 55%. In view of the mechanical advantage offered 
by a Eapson-slide arrangement, it may appear that . lmk 
arrangement need not be considered; however, such is not 

the case as discussed earlier. 

Ordinarily, ram groups of the link type ^are provided 
with one link above the ram that is connected to the tiller 
of each rudder. Rapson-slide mechanisms are usually bud 
with crosshead arms above and below the rwm 

One or more tie rods should be provided between the 
two cylSders of each ram group. The tie rods are usually 
shouldered at the cylinder bosses in which they are 
mounted, and set up with double nuts. Being of exact 
length, they aid in aligning the cylinders both while the 
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steering gear is in the course of fabrication and installa- 
tion and while in service. The tie rods are not necessary 
for the transmittal and distribution of axial loads* but 
they are convenient guides for bushings or shoes carried 
in extensions of* or bracketed from, the rams in order to 
prevent rotation of the rams about their longitudinal axes, 
to provide a means to position the rudder mechanically, 
and to provide a positive mechanical stop for the rudder. 

Bronze bushings usually are installed in the cylinders 
to provide a suitable bearing surface for the ram; the 
bushings are made to form the inner ends of the stuffing 
boxes* With the link type of construction, the bushings 
carry little load other than the weight of the ram itself; 
the lateral load introduced by the link is slight, even at 
the maximum angle. H owever, with a Rapson-slide mecha- 
nis m, the ram is subjected to a _ consi de rable lateral f orce* 
a nd since the forces ar e usually the largest at a hard-over 
rudder angle, when the crosshe ad is near one cy linder or 
the offier^ one of theHbushmg s will carry by far the gr eater 
part ~o f ~the load. When a ram is made of high-st rength 
steelTwfiich permits high stress eTwith no impro vement 
in themodulus of elasticity, it is possible that the deflec- 
tion of the ram may be great enough to cause binding in 
the cylinder bushings or cylinder bores. Consequentjyjiie 
bushin gs for Rapson-slide mechanism s should be given 
careful stuHyl 

Earn bending calculations can be important for Rapson- 
slide designs when, as is often done for weight reduction, 
the rams are bored out from both ends or when the gear is 
designed for greater rudder movement (e,g. f Great Lakes 
ships* which are commonly designed for a 45-deg rudder 
movement); in such cases flexural stress may also become 
a critical consideration. 

The American Bureau of Shipping (ABS) Rules require 
that all steering gear parts that transmit forces to or from 
the rudder have a strength equivalent to that of the upper 
rudderstock. These parts include the tillers, rams, pins, 
tie rods, and keys [8]. 

Carefully designed ram groups may have a tiller radius 
(or with a Rapson-slide mechanism the distance from the 
rudderstock centerline to the ram centerline) that is ap- 
proximately three times the ram diameter. Selection of 
the exact ratio will be based on the manufacturer's experi- 
ence. It is convenient to use the 3 : 1 ratio for preliminary 
design purposes* bearing in mind that arrangement con- 
siderations may necessitate shortening the crosshead ra- 
dius* and* therefore* the ram stroke* with the ram diame- 
ter being correspondingly increased. 

The maximum design hydraulic pressures for ram- type 
steering gears generally fall in the range of 1500 to 2500 
psi; however* somewhat higher pressures have been used. 

The classification society rules for merchant ships typi- 
cally require that the steering gear be capable of moving 
the rudder from hard over (85 deg rudder) on one side to 
within 5 deg of the hard-over position (30 deg) on the 
opposite side within 23 seconds when proceeding ahead at 
the maximum continuous rated shaft rpm [8]. The timing 
cycle is normally initiated at the hard-over position on one 
side and is terminated 5 deg before the opposite hard-over 


rudder position to avoid timing the rudder movement as 
the follow-up mechanism is reducing the pump stroke. 

The rudder rate when going astern is normally not spec- 
ified for merchant ships. 

The auxiliary steering system* or the redundant means 
of controlling the rudder* is typically required to be capa- 
ble of moving the rudder from 15 deg on one side to 15 
deg on the other in not more than 60 seconds at half 
the ship's full-power trial speed or 7 knots* whichever is 
greater; however, if the two main power units are totally 
independent and each is capable of meeting the main 
steering gear requirements* an auxiliary steering system 
is not required [9]. 

The rudder rate specified for naval ships generally 
ranges upward from 2% deg per sec for ahead steering, 
with no rate specified for astern steering. To avoid having 
astern considerations control the capacity of steering 
gears for naval ships, it is common practice to conduct 
special astern steering tests for the purpose of establish- 
ing the maximum astern speed at which the rudder can 
be moved without exceeding the maximum design pres- 
sure in the ahead direction. A sign warning that there is 
a hazard of overloading the steering gear at astern speeds 
greater than that established is then made and installed 
in the helmsman’s view. 

Table 2 illustrates the considerations that enter into the 
preliminary design of a ram- type steering gear and gives 
a procedure for computing the approximate characteris- 
tics of a steering gear. If only an approximation of the 
maximum motor horsepower requirements is desired* the 
following expression may be used for a steering gear of 
the Rapson-slide type: 

(tamft + tanfl) cos 2 a 
W 6600 Ete 

where Q is the torque at maximum pressure during the 
timing cycle in inch-pounds, a is the rudder angle at Q> 
and all other terms are as defined in Table 2. 

The corresponding maximum power requirement for a 
link-type steering gear is 

H = + sinfl) 

6600 Ete cosa 

Note that the rudder torque corresponding to the maxi- 
mum pressure observed during the timing cycle some- 
times occurs at the 30-deg position before reaching hard 
over, and* with the exception of Q } all other terms in 
equations (3) and (4) are considered to have constant val- 
ues in many cases. As a result, equations (3) and (4) can 
each be reduced to a constant times Q. This is often not 
the case* however. For rudders that are lightly balanced* 
the maximum torque is commonly recorded as the rudder 
approaches the hard-over position during the initial rud- 
der movement But for heavily balanced rudders* the max- 
imum torque is typically recorded later in the maneuver- 
ing cycle when the rudder is being moved from one hard- 
over position to the other; the rudder angle of attack 
becomes so large that the rudder typically stalls during 
this maneuver. 
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Table 2 Preliminary design calculations for an 
elect rohydfaulic steering gear 


Type of Linkage 
Symbol Rapson Link 


Number of rams ....... % 

Maximum permissible op- 
erating pressure, psi Pm 

Maximum rudder angle, 

deg,,.- — 

Rudder angle at end of tim- 
ing cycle, d eg.. .**--»■■■- ® 

Rudder torque at 8, m.-lb 

Maximum design torque 

ahead, in.-lb vi 

Rudder angle at Q lt deg 

Maximum design torque 

astern, in.-lb .......... Hz 

Rudder angle at Q z , deg a 2 

Ram-to-rudder efficiency & 

Approximate cross head 

radius in K 

Approximate ram diameter 

= El 3, in D 

Crosshead radius used, in k 

Ram diameter used, in. v 

Maximum ram pressure 

ahead,* psi Pi 

Maximum ram pressure 

astern , 47 psi P* 

Ram stroke during timing 

cycle, d in ^ 

Oil volume during cycle 

- Z LPZS, in. s - V 

Duration of timing cycle 

ahead, 1 P sec , t 

Oil flow requirements, 

0.2597 V/% gpm G 

Pump efficiency •*.- e 

Maximum ram pressure 
ahead during timing cy- 
cle/ psi Ps 

Maximum motor horsepower 
requirements 

_ =V/1714^hp..,..... L ..... H 


1700 

1700 

35 

35 

30 

11.57 X 10 b 

30 

11.57 X 10 6 

19 X 10* 

35 

CO l-J 

Cn. CD 

X 

h-* 

o 

9 

14 X 10 6 

35 

0.80 

14 X 10* 

35 

0.80 

37.73 

46.1 

12.58 

38 

13 

15.37 

47 

15.5 

1580 

1633 

1165 

1203 

48.55 

50.46 

12,888 

19,043 

27 

27 

124 

0.85 

183 

0.85 

1075 

940 

91.5 

75 

118.1 

100 


Notes: 
a R — 


R = 


36Q cos 2 a 


vpJBZ 
36 <? 


for Rapson. 


np m EZ cos a 


1/3 


for link. 


Q, and a, as well as Q 2 and a, are used in the above equations and 
the largest value of R is used, 


bp i= 4 Q : cos 2 aJnZREEP for Rapson, 

ChecL sho^d^so be made to ensure that higher pressures do not 
occur at smaller rudder torque values. 
c See note b using Q% and a 2 vice Qi and 
dg = R (tan <f> + tan 0) for Rapson. ^ 

S = R{s in 4> + sin for hnk - . , 

. Duration of the ahead timing cycle is 28 seconds minus one second 
for stroking the pump. , , « 

/The maximum ram pressure during the ahead tuning eye e 
x; t t u e 30^dea: position before reaching hard over; however, 
Sha'mftnfn ress ures a? other angles should be checked, using an equa- 
lionTSrmgiven in *A to ensure that none are Targer 
S' A similar calculation may be required to < confirm that the aetern 
horsepower requirements are not a controlling consideration. 


The design calculations for steering gears having clev- 
is-mounted cylinders are similar to those for link types. 
Because the cylinder ends are able to pivot, however t e 
developed rudder torque at any particular rudder angle is 
dependent on the location of the pivot points relative to 
the rod end connection to the tiller at that angle. 

Because of the flexibility inherent in the clevis-mounted 
cylinder arrangement, this type of gear is well suited for 
twin-rudder applications on smaller vessels and particu 
larly for arrangements such as canted rudders, 
frequently specified for high-speed military craft, plea- 
sure boats, and special-purpose vessels. An arrangement 
of a clevis-mounted cylinder steering system for a motor- 
ized lifeboat with canted rudders is shown m rig. i^. 

2.4 Rotary Actuators. Rotary actuators for steering 
gear applications can be of several typfes. By far t e mos 
common type is the hydraulic rotary-vane actuator shown 
in Figs. 6 .and 7; however, rotary-piston actuators, as illus- 
trated by Fig. 8, have also been used on smaller vessels. 
Rack-and-pinion actuators have been used as well, a - 
though their primary applications have been for va 
actuation and heavy, slow rotation requirements, such as 

on the booms of self-unloading bulk carriers. 

In a rotary-vane steering gear, the torque ^developed 
by applying hydraulic pressure to one side of the rotor 
vanes. When the rudder is hard over, the vanes act as 
rudder stops. The actuator is provided with a relief valve 
set at the required 125% of the maximum working pres- 
sure. Rotary-vane actuators develop a. constant torque 
throughout their full travel equal to the product of the 
applied pressure, the vane area, the effective momentarm 
(the radius from the rudderstock centerline to the center 
of pressure of the vanes), and the number of vanes. 

Rotary-vane actuators are supplied by fixed-delivery 
pumps, and the fluid supply and direction of flow are 
controlled by a directional control valve. In some cases, 
modulated flow control valves are used with the fixe 
delivery pumps to provide smoother operation of the actu 
ator. A servo feedback system can be added to provide 
accurate rudder positioning. When variable-delivery 
pumps are used, control is accomplished m a i manner simi- 
lar to that for ram-type actuators supplied by % ariable 

^Fixed-delivery pumps can be of the gear, vane, or screw 
type and are controlled by either direct-acting o p 

operated solenoid valves. , 

Most rotary actuator designs incorporate the upper rud- 
derstock radial bearing and the rudder earner bearing, 
which supports the vertical load of the rudder and rudde 
stock, within the actuator housing, which simplifies the 
installation of the steering system. The actuator is con- 
nected directly to the rudderstock by a keyway, hydraulic 
nut clamp rings or hydraulic coupling. 

Jig Slewing Gear Power Unit.. Most steering gear 
power units are installed in duplicate, with each power 
unit having the capability of moving the rudder at the 
specified rate under all conditions of full-speed maneuver- 
ing The regulatory body regulations require totally inde- 
pendent power units and piping systems to permit contin- 
ued operation in the event of a single failure 
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Each power plant consists essentially of an electric mo- 
tor driving a positive-displacement, fixed- or variable-de- 
livery pump and its hydraulic reservoir, valves, and associ- 
ated piping. Motors for the steering gear pumps are 
generally 440 V, 3 phase, 60 Hz and are dripproof pro- 
tected. When the steering gear is powered by continu- 
ously operated, reversible-flow, variable-delivery pumps, 
the motor should be rated for continuous duty at full load, 
(ie., maximum design working pressure) for one hour. 

As a means of reducing the power rating of motors that 
drive variable-delivery pumps, power limiters are often 
provided. Power limiters (secondary stroke-control de- 
vices) operate on the principle of reducing the stroke of 
the main hydraulic pump in the event that the hydraulic 
pressure exceeds a preset value (that pressure corres- 
ponding to the motor rating plus the allowable overload). 
Since the power required to drive a pump is proportional 
to the product of the discharge flow and pressure, the 
power rating of the installed motor can be minimized by 
reducing the pump flow during the periods of peak pres- 
sure requirements. Power limiters are designed such that 
the stroke of the hydraulic pump is decreased with in- 
creasing hydraulic pressures so that the motor power re- 
quired is nominally held constant at the preset value. 
When the power limiter acts to reduce the pump stroke, 
the rudder rate is also reduced; however, if sufficiently 
high rudder rates can be attained during other regions of 
the timing cycle, where the torque is lower and where the 


overall average rate during the timing cycle exceeds the 
minimum rate specified, the power rating of the driving 
motor may be reduced. 

Usually, the replenishing and servo pumps on closed- 
loop, variable-delivery systems are driven by the same 
motors as their respective main pump. If, however, these 
auxiliary pumps are separately driven, their motors 
should be rated for continuous duty. If separate motors 
are provided for these pumps, each should be interlocked 
with its main pump motor so that the main pump cannot 
be started without first starting the auxiliary pump(s), 
and control and replenishment fluid is at the required 
minimum pressure. Steering gear motor controllers must 
be provided with low-voltage release. 

It is customary to shift over from one power unit to the 
other at regular intervals, in order that both power units 
may operate approximately equal lengths of time. Auto- 
matic transfer valves can be controlled from the steering 
gear room, as well as from the remote steering stations. 
The regulatory bodies require that an effective means of 
rapidly transferring between power units be provided on 
the navigating bridge [8,9], On systems with variable- 
delivery pumps, these valves are operated by main pump 
servo pressure and are controlled by solenoid-operated 
pilot valves, which are connected electrically in the main 
pump motor control circuits in such a manner that the 
pump driven by the first motor started is connected auto- 
matically into the hydraulic circuit and becomes the active 
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pump for the operation of the steering gear. If the second 
pump motor is then started, this pump is bypassed hydrau- 
lically. By stopping the first motor, the second pump be- 
comes the active pump automatically. This system en* 
sures maximum safety when a vessel is underway in 
restricted waters in that with both units operating, the 
idling bypassed (second) pump becomes the active pump 
automatically upon failure of the first unit. 

Valves may also be included in a four-cylinder ram 
group piping system which cut out and by pass any tv. o 
oppositely acting cylinders, thereby providing for two- 

cylinder “emergency” operation. _ ... , .. . 

"When a hand “fill-and-drain” pump is specified, it is 
usual to stipulate that it be possible to use this pump as 
a “rudder positioning” device. Such a pump is convenient 
if a ship is docked and no power is available to operate the 
steering gear, or to provide rudder trim to aid m towmg a 
dead ship. Suitable check valves should be included m the 
fill-and-drain pump piping to prevent the pump from being 
overhauled and driven as a hydraulic motor. 

All steering gear hydraulic systems must be protected 
by suitable relief valves. Each relief valve must be capable 
of relieving the full flow of all pumps, which can discharge 

through it, plus 10%. , 

Each power unit must be connected _ permanently by 
piping to a fixed storage tank with sufficient capacity to 
recharge the complete hydraulic system, including the 
power unit reservoir, or to drain the system completely. 

2.6 Steering Geer Controls. Steering gear control sys- 
tems provide the capability of controlling the steering 
gear remotely from a steering console located in the pilot- 
house and locally from the steering gear space by means 
of a trickwheel, A schematic diagram of a control system 
typical of naval ships is shown in Fig. 13. 

' The control system may be of the “non-follow-up type, 
“on and off' type, or the “full follow-up” type. In the 
first, the helmsman applies left or right rudder to hold a 
course. As long as a wheel, lever, or pushbutton is held 
to energize the steering gear for rudder response in one 
direction, the rudder moves in that direction until the 
steering gear is deenergized automatically m the hard- 
over position. Of course, the rudder may be moved m 
small increments, left or right, by holding the control 
off neutral for small intervals of time. The heimsman s 
experience and judgment are important factors in i mi in- 
imizing steering gear activity and oversteering. With the 
second type, the rudder returns automatically to amid- 
ships upon the helmsman’s release or centering ot the 
control. The full follow-up system— the third type of con- 
sol — senses any difference between helm and rudder 
angles and the direction of the difference; it moves the 
rudder automatically in the proper direction to ehmmate 
this difference and holds the rudder at the angle signaled 
bv the helm until a difference is reestablished by moving 
the helm or by drifting of the rudder due to hydrodynamic 
forces "Feedback” and “differential” as well as follow- 
up” are terms often used in describing this control since 
the correction is derived from “feedback” of the rudder- 
stock motion; the control senses, or in some cases mea- 
sures, within limits, the difference or differential between 


the helm and rudder angles. Representative types of fol- 
low-up control systems are described and illustrated in 
references 3, 4, and 5. 

Remote control systems in common use include mechan- 
ical hydraulic, electrical, and electronic types. Shafts, 
wire rope, sprockets and chain, push-pull flexible contro 
cables and their combinations are used to transfer motion 
proportional to that of the helm from remote steering 
stations to the local control input at the steering gear. 
These mechanical means are simple and reliable for use 

in smaller Vessels. _ , 

The principal type of hydraulic control is called the hy- 
draulic telemotor, which has been in use for more than 
100 years. It consists of a forward telemotor unit located 
in the pilothouse and an aft unit located in the steering 
gear room. The forward unit is essentially a hydraulic 
piston pump driven by the ship's wheel through a rack 
and pinion. The aft unit is the equivalent of a hydraulic 
cylinder; which is spring loaded to bring it back to center 
and to give the helmsman the "feel of the helm. I he 
units are connected by two runs of hydraulic tubing, one 
connected to each side of the cylinder. The cylinder is 
attached to the steering gear local control by a connecting 
link that causes the steering gear to move the rudder m 
the direction chosen at the helm. 

The principal types of hand-electrical remote controls 
include synchro controls and balanced-bridge circuitry. 
Synchro controls use a transmitter driven through step- 
up gearing by the steering wheel in the pilothouse and a 
receiver in the steering gear room, providing proportional 
input motion to the local pump control mechanism. 1 his 
type of control is used primarily on naval ships. With 
balanced-bridge circuitry, turning the wheel moves a po- 
tentiometer to unbalance the electrical system. Unbalanc- 
ing the electrical system starts an intermediate powered 
servo that provides input to the local control and moves a 
follow-up potentiometer, which rebalances the circuit and 
deenergizes the servo when the helm and relative servo 
angular positions coincide. 

The powered servo is usually a rotary eleetrohydraulic 
unit which is essentially a miniature steering gear and is 
designed for application to any type of steering gear as 
one link in a chain of servomechanisms from the steering 
wheel to the rudder. It is also used as an automatic pilot 
system when the input is taken from a suitable gyro 
compass* 

On many vessels, local control of the steering gear 
hand-electric steering control is by means of the mechani- 
cal differential control. The mechanical differential allows 
the helmsman to rotate the steering wheel as quickly as 
desired The helm signal is transferred to the mechamca 
differential through the rotary eleetrohydraulic unit and 
then to the steering gear pump control. The steering gear 
itself follows, moving the rudder at its rated speed. A 
mechanical follow-up linkage inputs the rudder position 
to the mechanical differential, and the stroke of the pump 
is reduced by the differential control when it is within & 
deg of the ordered angle and is fully off stroke when the 
ordered angle is reached. 
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Fig. 1 3 Schematic diagram af control system far an electro- 
hydro u lie steering gear 


LEGEND 

HYDRAULIC MAIN SYSTEM PRESSURE 

HYDRAULIC CONTROL PRESSURE 

ELECTRICAL 


Electronic steering control uses a microprocessor to 
receive the helm order and the rudder position feedback 
and compare them. The mechanical differential controls 
are omitted and replaced with electronic servo control 
valves on the hydraulic pump, which receive the order 
from the microprocessor and stroke the pump in the direc- 
tion and degree requested. The follow-up, which is nor- 
mally a potentiometer, is moved in direct proportion to 
the motion of the rudderstock, and provides the feedback 
signal to the microprocessor to destroke the pump and 
stop the rudder at the ordered angle. An error in the 
feedback system caused by a new helm or autopilot order, 
or by motion of the rudder due to external forces {creep- 
ing), reactivates the control system. 

Steering gear power units that are designed for naval 
ships in accordance with reference 1 0 are required to con- 
tain features that limit the speed of the hydraulic pump 
and electric motor in the event that electrical power is 
interrupted and the rudder takes charge of the hydraulic 
ram group, thereby driving the hydraulic pump and elec- 
tric motor. The method of limiting the overspeed of the 
electric motor may be either an arrangement of spring* 
loaded valves operated by servo pressure, or a brake on 


the electric motor. The method usually employed is to 
incorporate a hydraulic lock feature in the blocking valve 
and associated solenoid valves, which operate the blocking 
valve, as shown in Fig. 13. As may be seen from Fig. 13, 
in the event of an interruption of electrical power, the 
blocking valve is shifted so as to place a hydraulic lock on 
the ram group and isolate the ram group from the pump. 
It should be recognized that other valve arrangements 
may be used to provide the same feature. 

During sea trials of naval ships, steering gear power 
failure tests are conducted with the ship proceeding at 
full speed in the ahead direction and at the maximum 
astern speed permitted for unrestricted rudder operation. 
The power supply is interrupted at a series of rudder 
angles during the circumstances in which a power failure 
would have the most adverse effects. Before sea trials, it 
is good practice to ascertain the dosing time of the 
blocking valve by interrupting the electrical power when 
operating the steering gear power units with the ship at 
the dock. The anticipated motor overspeed during power 
failure tests at sea can then be calculated by using the 
measured closing time of the blocking valve and the rud- 
der design torque values. Experience has shown that a 


682 


MARINE ENGINEERING 


maximum closing time of approximately 0,25 see for the 
blocking valve will normally assure that the speed of the 
electric motor will be limited to 150% of the normal op- 
erating speed. 

The detailed specifications for a vessel include very 
complete descriptions of the steering gear and its control 
systems* These often follow arrangements on similar 
ships that have given satisfactory service. It is desirable 
to consult steering gear manufacturers early in the design 
stage of a vessel in order to facilitate the selection and 
arrangement of the steering gear. 

2.7 Regulatory Body Requirements and Safety Features. 
Because of its critical function, the steering gear is subject 
to extensive regulatory body requirements* The primary 
regulatory bodies in the United States are the U*S. Coast 
Guard [9] and American Bureau of Shipping [8]* Interna- 
"tfonallv, virtually all regulatory agencies follow the Safety 
of L ife at Sea (SOLAS) protocol for the regulation of steer* 
Ing gears [11].' In the design of any steering gear and 
control system, the most recent issue of the above regula- 
tions must be carefully studied. Basically, steering gears 
are required to have the following features: 

(a) Two independent hydraulic pumps and piping con- 
nections with separate leads to the pump prime movers 
from the power source are required. Each power unit 
must have the required capacity for a main steering gear, 
or an acceptable auxiliary means of steering must be pro- 
vided* 

(b) Hydraulic piping systems must have relief valve 
protection and must be arranged so that a changeover 
from one system to the other can be readily accomplished, 

(c) A fixed hydraulic fluid storage tank, permanently 
connected by piping to the steering power actuating sys- 
tems, is required with sufficient capacity to recharge at 
least one power-actuating system* 

(d) Two separate and independent steering control sys- 
tems are required, one port and one starboard, both with 
full follow-up control and rudder angle indicators in the 
helmsman's view. 


(e) Circuit-breaker protection is required at the switch* 
board for each steering system feeder circuit as is short- 
circuit protection and low-voltage release, but not over* 
load protection, for all steering system motors* 

( f ) A minimum of two feeder circuits is required, at 
least one of which must be supplied from the ship's emer- 
gency switchboard, or an acceptable alternative power 
supply. 

{ g ) Visual and audible alarms must be activated in the 
wheelhouse and at the main machinery control station 
upon low <$il level in either reservoir or failure of the 
electrical power supply to any steering control system or 
power unit. Alarms must activate in the machinery space 
upon failure of any phase of a 3-phase supply or an over- 
load that would cause overheating of a motor. 

(k) On vessels 500 gross tons and above, each steering 
power unit must be arranged so that it can be controlled 
from the steering gear room, as well as from the wheel- 
house. * 

(i) On vessels over 1600 gross tons, a steering failure 
alarm must be fitted that activates an audible and visual 
alarm in the pilothouse if, after a prescribed time period, 
the rudder position differs by more than 5 deg from the 
ordered rudder position. 

Essentially, the regulations are intended to prevent any 
single failure from disabling the steering capability by 
requiring that all steering system components, except the 
rudder, rudderstock, and rudder actuator, on single-rud* 
der vessels be duplicated, and a fast means of transferring 
from one component or system to the second, upon failure 
of the first, be provided* 

Tankers over 10,000 gross tons have additional regula- 
tions, which include a requirement to regain control of the 
steering system within 45 seconds of a failure* Tankers 
over 100,000 gross tons have the further requirement that 
all steering system components, including the rudder ac- 
tuator, meet the single-failure criterion* This requirement 
necessitates the use of a four-ram steering actuator or a 
specially designed rotary actuator with multiple, double- 
sealed, automatically isolated vanes* 


Section 3 
Anchor Windlasses 


3.1 Introduction. The ship specifications usually re* 
quire that a windlass be capable of hoisting the anchor at 
an average speed of not less than 5 to 6 fathoms per 
minute (30 or 36 fpm, respectively) from a depth of 30, 60, 
or more fathoms. The required chain pull thus is depen- 
dent not only on the weight of the anchor, but also on 
the weight of the chain to the specified depth, with an 
appropriate deduction for the water buoyancy effect* 
Even though the windlass may be constructed as a so- 
phisticated machine, it must be built to perform the crud- 
est task on shipboard. The anchor chain is heaved in 
through a hawsepipe in which the friction loss averages 
from 35 to 40% in good designs, and sometimes exceeds 


55%; however, a roller in the end of the hawsepipe can 
reduce the friction to as little as 20%. The chain is engaged 
by a wildcat, which is hardly comparable in efficiency to 
the sprockets used in refined chain drives; the wildcat is 
usually made with five whelps (comparable to a 5-tooth 
sprocket), causing the chain to move with a jerkiness, 
which is aggravated by its tendency to turn over or “slap J> 
in the hawsepipe and to slip on the wildcat* Windlasses, 
therefore, require more ruggedness of construction than 
any other machine on board ship* 

The rules of the Classification Societies contain tables 
of required equipment consisting of anchors, chain cable, 
towlines, and hawsers* These items are identified by, and 
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sized in accordance with, an “equipment number” or 
“equipment tonnage” included in the tables. The number 
or tonnage figure is calculated by substituting in empiri- 
cal formulas certain dimensional and displacement mea- 
surements of the vessel for which the equipment is de- 
sired. This has become a standard mode of equipment 
selection for oceangoing merchant vessels* 

The basic dimensions and scantlings of an anchor wind- 
lass depend on the anchor weight and chain size. These 
follow, therefore, from the equipment selection to suit a 
given case. 

The size of the vessel, the nature of the service, and the 
desired anchor-handling and stowage arrangements are 
also contributive in the choice of the anchor windlass. In 
many cases, the windlass is used only in emergencies. 
However, in some cases the windlass may be used regu- 
larly (e.g., some operators set an anchor in a “flying 
moor/' approaching a dock, far enough offshore to warp 
the bow into the stream when preparing to get underway, 
thereby reducing or eliminating the need of a tugboat)* 
Also, it is usual to install capstans or warping heads, 
driven by the windlass power plant, off the windlass gear 
train. The windlass may then be used for normal warping 
duty* Combination windlass mooring winch/ warping head 
systems have been supplied for large container, tanker, 
roll-on /roll-off, and passenger ships. 

As with the other items of hull machinery, anchor wind- 
lasses are available from specialty manufacturers who 
can provide machinery to suit a variety of requirements. 
Their recommendations are very helpful in the ship design 
stage. 

3*2 Windlass Types. Two fundamental configura- 
tions of anchor windlasses have evolved from the “wind- 
ing log” and capstan of earlier times, namely, the hori- 
zontal arrangement and the vertical arrangement The 
horizontal windlass is a specialized winch that is powered 
by a hydraulic or electric motor or, in a few cases, by a 
steam engine* The motor is connected to a train of gearing 
that drives one or more chain sprockets, called “wildcats,” 
through sliding-block “locking heads” or comparable jaw 
clutches. Figure 14 is a schematic diagram of a horizontal 
electrohydraulic windlass* A photograph of a horizontal 
windlass that is driven directly by an electric motor is 
shown in Fig* 15* 

The specifications for cargo vessels often require the 
combination of a horizontal mooring winch with a clutched 
drum driving a chain wildcat through an auxiliary gear 
reduction and sliding pinion or jaw clutch* The chain lifting 
unit consists of a rigid framework holding an axle for 
support of the integral gearwheel wildcat brake rim and 
the pinion shaft with bearings. Although enclosed gears 
running in an oil bath are preferable on deck from a main- 
tenance point of view, an open gear protected by a guard 
is generally accepted on a chain lifting unit* The large 
gear teeth are not especially sensitive to corrosion, and 
the open gear allows the transfer of the torque directly 
from the gear rim to the wildcat, which allows the design 
of a simple and rigid chain lifting unit of moderate weight. 
An automatic grease lubricator for the gearwheel simpli- 
fies the operation and maintenance procedures. One or 


both pinion shaft ends are fitted with couplings for con- 
nection to mooring winches* 

Each wildcat and mooring-winch rope drum, in the case 
of combination units, is provided with a brake of the band 
type* The wildcat brake is used to restrain the chain when 
the anchor is let go under a controlled drop, for veering 
chain to the desired scope, and for holding the chain while 
the chain stoppers are being attached. One or more warp- 
ing heads are usually keyed to the winch drum or interme- 
diate shafting. The gear train through which the warping 
head is driven usually affords a line pull in the order of 
one quarter of the available wildcat chain pull, at four 
times the normal chain speed* 

A self-contained horizontal type of windlass is the least 
expensive in terms of installed cost. However, it requires 
more maintenance than does the vertical type because the 
windlass machinery is completely exposed to the weather 
and to the spray and waves that break over the bow during 
storm conditions* 

In the preliminary design stage of a vessel, it is good 
practice to develop the anchor-handling arrangement to 
the extent that the chain leads are confirmed to be satis- 
factory. In the case of ships with large bulbous bows, the 
anchors must be located farther aft or closer to the rail 
so that the anchors will not hit the bulb when they are 
dropped* This usually requires that two separate wind* 
lasses be provided with each set at an angle to the ship 
centerline in order to obtain proper leads to the hawse- 
pipes. Figure 16 show's a forecastle without hawsepipes, 
and an “anchor on deck” arrangement. A well rounded 
fairing plate serves as a guide for the chain and anchor* 
The arrangement is integral with the deck structure and 
has a means for securing the anchor at sea and for holding 
the breaking load of the chain when anchored. 

A vertical windlass consists essentially of a wildcat 
mounted on a vertical shaft that is carried in a rugged set 
of main bearings in a casting or weldment, which is bolted 
or welded to the deck, as typically illustrated by Figs* 17 
and 18. The strengthening of the deck and supporting 
ship structure in way of this assembly is usually made 
adequate to sustain all anticipated loads due to the chain 
pull, independently of the main shaft extension to the deck 
below. The wildcat is brought as close to the deck as 
possible in order to minimize bending moments due to the 
chain pull. The chain is wrapped approximately 180 deg 
around the wildcat, and then enters a chain deckpipe lead- 
ing to the chain locker. 

The shafts from vertical wildcats and associated cap- 
stans are often extended to one or more decks below 
where they are coupled to main and intermediate shafts, 
respectively, of transmission gearing* Vertical windlasses 
with the gearbox and clutch supported under the deck on 
which the wildcat is mounted have been used on naval 
ships. This arrangement minimizes the problem of relative 
deck deflection and simplifies the installation and align- 
ment of the windlass as the wildcat, transmission, and 
brake band are supported from a common structure* 

The gears in vertical windlasses are usually completely 
enclosed. The shaft couplings are of a type that allows 
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Fig. 14 Schematic diagram of a horizontal 
electrohydraulie windlass 


mechanical *■— — 

HYDRAULIC _ 



Fig, 15 Horizontal- shaft, double-wildcat windlass driven by on electric 
motor 


limited relative vertical motions between the decks, if nec- 
essary. The preferred design locates the brake drum and 
locking head (clutch) below the weather deck where they 
are protected from the weather. This arrangement also 
permits the wildcat to be located as closely as possible to 
the weather deck. 

For handling warping lines, a capstan head may be 
keyed to the main shaft, above the wildcat. However, 



Fig. 16 Forecastle with two combined mooring winch/windbss/fiber rope 
handling gear units; mooring drums are of the split type 
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Fig. 17 Schematic diagram of on electri- 
cally driven vertical windlass 



Fig. 18 Vertical electrohydraulic windlass 


unless there is either a speed change in the gearing or 
hydraulic transmission, the light-line hauling rate may 
be unsatisfactorily slow* Another arrangement is one in 
which a capstan is located adjacent to the wildcat and is 
driven from the windlass gear train by a separate shaft, 
which revolves about four times as fast as the wildcat; 
the equipment for such an arrangement is illustrated by 
Fig* 18* As a simplification, the capstan head may be 
keyed fast to the drive train and allowed to rotate or idle 
when the windlass is used to haul chain* 

A vertical windlass affords flexibility in the develop- 
ment of anchor-handling and mooring arrangements, 
from the simplest single unit to as many independent 


systems as there are anchors installed* Some arrange- 
ments feature one power unit driving a single variable- 
stroke pump. The hydraulic system includes selector 
valves enabling the single pump to drive either of two 
hydraulic motors serving two wildcat/ capstan systems* 
For improved reliability, two power plants are installed 
and electrical, mechanical, and hydraulic cross connec- 
tions or their combinations, depending on the basic fea- 
tures of the system, are included in order that both an- 
chors may be recovered despite a failure in one system; 
such an arrangement is illustrated by Fig* 18, 

3*3 Special Design Considerations, The practices rec- 
ommended for the design and testing of anchor wind- 
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lasses are outlined in reference 12. There are, however, 
some detailed design considerations that warrant special 
emphasis, as they can have a large effect on the perform- 
ance of a windlass. 

The links of stud link anchor chains are almost invari- 
ably made with an inside length equal to four times the 
nominal chain size (i.e., four times the “wire diameter”). 
Since 10 links will wrap around a 5-whelp wildcat, the 
wildcat circumference in inches = 10 X 4 x the nominal 
chain size. Prom this, the mean pitch radius of the wildcat 
is readily found. Detailed information regarding the de- 
sign of wildcats is given in reference 13. Wildcats should 
be made of a reasonably hard grade of cast steel. 

The fitting of wildcats and chains is important. Usually, 
the final dimensions of a chain are attained as a result of 
stretching in a proof test. A new chain may be within the 
minus allowance of the tolerance on length (measured 
over six links in American practice) in order to allow for 
stretching and wear in service. However, such a chain will 
not run properly on a wildcat made to fit the nominal chain 
size. The “pitch diameter” of the wildcat is a function of 
the depth of the pockets between the whelps, in which 
alternate links lie substantially flat. There must be clear- 
ance between the chain and the midportion of the pocket. 
The critical area for the pitch circle is the contact surface 
to the end portions of the “flat” link. If the links must be 
hauled off by the chain stripper when hoisting anchor, or 
if when paying out under power the links ride higher and 
higher on succeeding whelps until one crashes over the 
top of a whelp, the pitch diameter should be reduced by 
chipping the pockets deeper. With a proper fit, only one 
sprocket tooth or set of whelps holds at any one time. 
This subject is discussed in detail in reference 13, and a 
recommended procedure is given for checking the wildcat 
and the chain with which it is to run. To check the fit of a 
chain on a wildcat, a length of chain containing one link 
less than that which will fit in a full circumference is 
lashed snugly around the circumference of the wildcat (a 
longer length of chain may be used if the standing part is 
hauled aside). The test length must contain one detachable 
link. The gap for the missing link is then measured. If the 
length is excessive, the pockets must be chipped deeper. 
Measured between the outside of the link ends, the gap 
should not exceed 2 chain sizes in length. Calipered inside 
the ends, the measured length should not exceed 4 chain 
sizes. If the pitch circle is somewhat small, there will 
be large movements of the chain in the pockets. These 
movements will cause wearing of the chain and the 
wildcat. 

The chain deck pipe, which leads to the chain locker, for 
a horizontal windlass should be located well under the 
wildcat. The vertical centerline of the deck pipe should 
project upward through the axis of the wildcat, or, prefer- 
ably, slightly forward of the axis. The chain pipe lip must 
be flared to assure that the chain will be hauled into the 
locker by gravity. This will aid in arresting the rising of 
chain from the locker and will minimize “jumping” of links 
over the wildcat, due to kinetic energy, if the brake is 
applied suddenly when an anchor is being dropped. 


Chain stoppers are normally furnished by windlass and 
chain manufacturers. The pawl type is favored in Ameri- 
can merchant practice as a means of securing the chain 
when riding at anchor. Hinged bar stoppers are often 
combined with chain guide rollers for installation on top 
of the hawsepipe. Some classification societies require a 
chain stopper which can hold 80% of the minimum chain 
breaking load without permanent deformation of the 
stressed parts, unless the windlass brake can hold this 
load. The chain links must be “evenly supported.” Chain 
stoppers, *hich hold the load by single shear on a link, or 
compression types, which are based on friction on one 
link, cannot meet these criteria. 

Pelican hooks, modified turnbuckles or “devils’ claws,” 
and turnbuckles on lengths of chain passed through the 
anchor shackles at the inboard ends of hawsepipes are 
used as stowing stoppers. These should align as closely 
as possible with the run of chain. The wildcat brake should 
not be used to hold the anchor in the stowed position, 
because if the brake should slip, the anchor will back out 
and pound in a seaway. 

A pelican hook is often used on naval vessels as a riding 
and stowing stopper. It is best suited for use with a verti- 
cal windlass, i.e., with the chain close to the deck. On a 
large horizontal windlass, the chain may rise 5 ft or more 
from the inboard bolster of the hawsepipe to the wildcat 
tangent point. The pelican hooks in sizes large enough 
for application with such a windlass are very heavy and 
difficult to manage. Their height above deck also creates 
a hazard to the operator who must release them with a 
maul. For a detailed discussion of anchor, mooring, and 
towing arrangements, see references 14, 15, and 16. 

The wildcat band brake design and the selection and 
treatment of brake-lining material are critical in wind- 
lasses, which must be subjected to the free drop tests 
required by the regulatory bodies. Typical specifications 
stipulate a single drop from 45 to 60 fathoms, under con- 
trol of the brake. These tests should be conducted in a 
clear depth of at least 65 fathoms and preferably no 
greater. The falling anchor is permitted to be under the 
control of the brake to the extent that an operator senses 
his chances of arresting the run of chain and can do so by 
applving very little additional braking effort. 

The specifications for naval windlasses require that the 
hand brake performance be demonstrated during four 
successive average drops of 15 fathoms each, stopping 
with 15, 30, 45, and 60 fathoms of chain out, respectively 
[17]. 

Anchor windlass brake tests must be conducted with 
the utmost respect for the magnitudes of the masses, 
velocities, and forces involved. These tests can be ex- 
tremely hazardous, especially in the event of a runaway. 
Test observers should stand well clear of the windlass, 
with only those responsible for operating the brake and 
recording data allowed to be near. 

A satisfactory anchor windlass brake must stop the 
anchor and chain within a period of about two seconds 
after the brake is set. Due to the short time available for 
the brake to absorb most of the kinetic energy possessed 
by the anchor and chain, the surface of the brake lining 
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Fig. 19 Schematic of band t/pe of anchor windlass brake 


usually reaches a high temperature. Elevated tempera- 
tures can result in a degradation of the brake lining fric- 
tional characteristics such that the brake is no longer 
capable of arresting the continuing run of the anchor 
and chain. If the situation should get out of control, the 
problems compound; that is, as the anchor continues to 
run after the brake is set, the quantity of energy that the 
brake must absorb increases, and more heat is generated. 
For this reason, it is essential that the brake promptly 
arrest the anchor and chain after being set 

Anchor windlass brakes are usually of the lined band 
type. For maximum effectiveness, these brakes should 
wrap around the drum as near 360 deg as possible* The 
features of a typical band type of brake are shown in Fig. 
19. Auxiliary power-assist mechanisms for setting the 
brake have also been used to advantage on very large 
windlasses. 

If molded linings are used, they are best secured to 
the band in a manner permitting lateral expansion as the 
binder breaks down and swells with heat. Molded linings 
are most effective under the conditions of the drop test if 
deeply scarified or if vented with lateral grooves about % G 
in, wide by in, deep, pitched about 2% in* around the 
circumference, 

A new brake should be “run in” by operating the wind- 
lass under power with the chain held clear of the wildcat. 
The band should be examined- periodically and the opera- 
tion continued until the area of the brake lining in contact 
with the drum surface is at least 75% of the total area of 
the brake lining. The drum and lining surfaces should be 
free of exudation; if need be, they should be cleaned with 
a solvent Care should be taken that overheating does 
not occur during the run-in operation. These precautions 
should be accomplished at the shipyard rather than at the 
windlass manufacturer's plant. The new linings will then 
be in the best condition possible, and preservatives and 
rust-preventive media will be eliminated as prospective 


reasons for a reduction of the band lining coefficient of 
friction. 

The design of an anchor windlass brake is heavily influ- 
enced by the experience gained with previous designs, 
as may be noted from the typical anchor windlass brake 
calculations given in Table 3* The brake lining coefficient' 
of friction used in the design calculations is generally 
somewhat less than the value suggested by the brake 
lining manufacturer and may at first appear to be unrea- 
sonably low. However, the lining coefficient of friction 
suggested by the manufacturer is usually based on ideal 
laboratory conditions, which hardly simulate anchor wind- 
lass brake service* 

Special instrumentation was provided during the sea 
trials for the aircraft carrier USS America (CVA 66) in 
order to confirm that the design criteria employed in the 
design of the anchor windlass brake were adequate. Be- 
fore the sea trial, every reasonable precaution was taken 
to ensure that the brake lining material was properly 
prepared and “run in,” Figure 20 shows the results ob- 
tained during the CVA 66 tests, and the relatively low 
brake lining coefficient of friction anticipated (see Table 
3) is seen to be confirmed. 

A chain counter is a very useful tool that may be in- 
stalled on a windlass. A chain counter provides a mechani- 
cal or electronic readout at the windlass of the number of 
feet or fathoms of chain that have been payed out, and 
provides a digital readout in the wheelhouse. The officer 
on duty then knows the amount of chain in use without 
sending a crew member to the forecastle to check the 
markings on the chain* The indication of the amount of 
chain out is also helpful (when the depth of water is 
known) in paying out enough chain to ensure that the 
anchor will hold. 

Remote control of the windlass brake improves the 
safety of both the operator and the ship. If the brake 
mechanism is not spring set, the first step in remote opera- 
tion is setting the brake. Subsequently, the wildcat clutch 
is disengaged, and any devices used to secure the chain at 
sea, such as the devil’s claw or chain stopper, are removed 
from the chain. A suitable position for the operator is an 
area at the ship's rail where one can see the chain both 
outboard and on deck. Chain length out and chain speed 
indicators are helpful instruments for the operator con- 
trolling the anchor drop* A hydraulic cylinder, powered 
by an accumulator, is arranged mechanically to override 
the brake screw mechanism* The activating valve for this 
cylinder can be directly operated or operated by a pilot 
or solenoid valve. Speed governing can be built into the 
hydraulic system to limit the rate of fall of the anchor* 

With speed control and solenoid valve operation, the 
remote control system can also be arranged for operation 
from the wheelhouse* On semisubmersible drill rigs, re- 
mote drop systems have been assisted by TV monitors, TV 
monitors are especially helpful in darkness, since critical 
parts like brake position markers and dog clutches can 
be coated with reflecting paint and made very visible in 
artificial light. 
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Table 3 Anchor windlass brake calculations 

Type of Ship 

Symbol C4 CVA 66 


Size of anchor chain, in * 

Outside length of one link, in 

Pitch of link * G — 2C r in 

Number of whelps on wildcat .... 

Wildcat pitch diameter = 2ap / *% in. 

Brake drum diatmeter, in 

Brake band width, in . * 

Brake band thickness, anchor end, 

in. *»*...« ... ......... 

Brake band thickness, slack end, in. 

Handwheel diameter, in 

Screw diameter, in. ..... ..... 

Lead of screw, m. ...... 

Sere w efficiency . , . , * — 

Bell crank ratio 

Gear ratio 

Gear efficiency ■— 

Mechanical advantage = itHBGJL 

Fathoms of chain out, fath 

Weight of chain, lb - 

Weight of anchor, lb 

Total weight = W r H- W 2l lb 

Hawsepipe efficiency* 

Buoyancy factor 

Static load at wildcat = e 3 bW^ lb... 
Angle of brake wrap around drum, 

deg.... 

Angle of wrap = ir0/18O, rad.. 

Brake lining coeff. of friction* 

Ratio factor = e* a 

Assumed velocity of fall, fps... 

Specified stopping distance, ft 

Deceleration force = 0&WtV*/2ght lb 

Force at wildcat = Fi + W At lb 

Force at brake drum = F t d/D, lb.. 

Slack end pull — FJ{K — 1), lb 

Anchor end pull = F a + F Ay lb 

Handwheel effort = FJMe y e^ c lb,. 
Anchor end band stress = F b /vft lt 

psi.... - 

Slack end band stress * FJwh* 


Mean band stress = {Si + SJ/ 2, 

psi 

Band modulus of elasticity, psi .... 

Band stretch * S^DaJZE, in 

Handwheel turns to set brake* 

= yBG x /L .... 

Maximum brake band pressure* 
= 2 Fs/wD, psi 


c 

2 7 / 16 

4% 

G 

U% 

28.5 

V 

Hi 

19.0 

a 

5 

5 

d 

31 

60.48 

D 

48 

90 

w 

10 

2 X 10 

tt 

L0 

1.0 

k 

0,5 

0.75 

H 

20 

26 

d* 

2.0 

2.5 

L 

0.25 

0.5 

e : 

0.165 

0,238 

B 

2 

2.76 

G\ 

1 

6 


0.92 

0.903 

M 

503 

2705 

f 

60 

60 


19,840 

80,000 

w 2 

12,693 

60,000 

w. 

32,533 

140,000 

e 3 

0.80 

0.80 

b 

0.87 

0,87 


22,600 

97,440 

e 

340 

305 

a 

5,93 

5.32 


0.30 

0.225 

K 

5.93 

3,32 

V 

30 

30 

k 

18 

24 

F t 

20,200 

65,200 

F* 

42,300 

162,640 

Fl 

27,600 

109,300 


5,600 

47,100 

F h 

33,200 

156,400 

P 

73,3 

81.0 

$ 

3,320 

7,820 

S 2 

1,120 

3,140 

s 2 

2,220 

5,480 

E 

30 X 10* 

30 x 10 s 

y 

0.010 

0.0437 

n 

0,08 

XA& 

r 

138 

174 


No'I'ES: 

An optimistically high hawsepipe efficiency should be used m 
this calculation. 

* In general the brake lining coefficient of friction quoted by manu- 

facturers should not be used, as that is the value obtained in a 
laboratory. Anchor windlass tests show that a coefficient of friction 
of 0.225 and 0.30 can be expected with molded and woven linings, 
respectively. , , 4 , _ _ _ 

c The braking force required at the handwheel should be approxi- 
mately 100 lb or less, * 

* Efforts to reduce the handwheel effort by increasing the mechan- 
ical advantage may result in an excessive amount of elasticity in the 
system. 

" e The maximum pressure on the brake lining should be as recom- 
mended by the manufacturer and proven by experience, 

/In order to promptly initiate braking action, a hydraulic-assist 
mechanism was installed on the GVA 66. The mechanism was de- 
signed such that the brake was set hydraulically when the handwheel 
was turned about one-half turn in the direction to set the brake. 
Turning the brake handwheel also set and secured the brake mechan- 
ically as in conventional practice. 


This type of arrangement has also been successfully 
used between a tug and an unmanned barge. In this in- 
stance, the control is accomplished by a radio signal, with 
the small amount of electric power required on the barge 
supplied by batteries. 

Remote control of the anchor would be particularly ad- 
vantageous in a long river passage where it is customary 
to have at least one individual standing by at the windlass 
in case an emergency drop is necessary. 

3.4 Windlass Power Units. Since the late 1960*3, very 
few steam-driven windlasses have been manufactured. 
However, steam-driven windlasses were common before 
then, particularly on tankers that carried flammable car- 
goes. Steam-driven windlasses are usually of the hori- 
zontal type with all of the components located above deck; 
such a windlass would look much like the one illustrated 
by Fig. 15 if a steam engine were substituted for the 
electric rpotor. The steam engine is commonly a horizontal 
reversible type with two cylinders. Steam-driven wind- 
lasses are designed to operate with a steam pressure of 
100 to 200 psig at the throttle. 

Steam-driven anchor windlasses are inherently rugged, 
simple, and reliable; however, these considerations are 
seldom criteria for selection as other types of windlasses 
can be designed to be equally dependable. The major ad- 
vantage associated with steam-driven windlasses is that 
they entail no fire hazards when used on tankers that 
carry flammable cargoes. They also operate at high speed, 
especially at reduced load. Most of the anchor-lifting oper- 
ation is done at reduced load. On the other hand, the long 
runs of piping from the engine room pose two problems: 
one of actually getting steam to the windlass, and the 
other of maintaining insulation on the pipes when they are 
run above the weather deck, as is the usual arrangement. 
These two problems are, obviously, closely related. In cold 
weather, if the windlass is steam-powered, it is usually 
necessary to turn the steam on well before the windlass 
will be needed so that steam and not condensate gets to 
the unit when it is needed for anchor handling. 

The two commonly used powering systems for wind- 
lasses are direct-connected electric motors and electrohy- 
draulic systems. EJectrohydraulic systems permit com- 
plete control over the hoisting speed and also provide 
protection {by relief-valve action) against shock loadings 
in the transmission shafting and gearing in the event that 
the anchor is inadvertently housed too abruptly. 

When an electric motor is directly connected to the 
windlass, it may be either a squirrel-cage or wmund-rotor 
alternating-current motor or a direct-current motor. A 
d-c motor provides sufficient speed control to house the 
anchors safely. If a squirrel-cage motor is used, it should 
be of either the two- or three-speed type with the slowest 
speed usually one quarter of the full-load speed and slow 
enough to house the anchor satisfactorily. Even if a 
multispeed or a variable-speed a-c motor is used, the an- 
chor should be driven through a slip-type clutch coupling 
so as to limit inertial loadings in the event that the anchor 
is housed too abruptly. If variable speeds are necessary or 
desired, then either a squirrel-cage motor with frequency 
converter, a wound-rotor a-c motor, or a d-c motor may be 
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used. If a wound-rotor motor is used, it should be sepa- Tobi. 4 FW »" "u ~ 

rately ventilated with the Kfcsra~:l - « t 

deck so that water wilt not enter the air intake. The d Anchor depth at beginning of hoist, fath h 30 ^ 

charge air may be directed back to a protected space, or Anchor weight, lb.. ^ 

the fir ma, bi discharged directly on the opeu Aj.terh.rn f. •» 

the latter case, the discharge outlet should be P Buoyancy factor 7Vii7'X' i»T'ik W. 19 673 

by a solenoid valve arranged so that the solenoid will Weighty wMcat = m + 7 o 60 . 

open the air duct when the blower motor is energized P^ p ^ h e wildcat C'^/ e lb... £ ^ ,8Sl 

Interlocks must be provided so that the mam motor cannot 0utside ] en gth of one chain link, m y 3 

be energised unless both the blower motor and realtor ^> 5 ^;^==== ° ?' 

fan motor are running; and additional m r oc _ . wildcat pitch radios - fo*— ' r T 508,200 

be provided to shut the entire system down m the event TorqU e at each wildcat - P x r t m.-Ib J 1150 

that the temperature of either the mam ™otor isc arge Elec ^ p^peed , rpm 7 Jqq 

air or the resistor bank discharge air exceeds a predeter Hydraulic- motor speed, rpm 7 gg 

mined safe limit. _ . . .. to ratio: ^±^: = ZZ I |g 

he obtained from a d-c motor, the direct current may be Ch ain hoisting speed = 2^rNJV2 i R l R z R^ fpm. ■ 

p'ro^dld by the adjustable voltage output from an a-c/ ™ 

d-c control unit. . Gearing efficiency: first reduction,.— — — - 

In an electrohydraulic windlass, the pump, or A-end is thhd JeduS IZZZ'ZZ 4 olw 

usually located below deck and driven ^ *,. • £ Efficiency of wildcat — - e * 0,96 

i! ;■ bp 

KJmSK S-»- a " "TS t woe e SSSS^Sfi r H Z* 

weather. When the windlass is of the vertical-shaft type, n^S/33,000 f loo 

.l, 0 n^ nf i is moun ted below deck out ot the weather. Electric motor hp provided, hp.... g- 2 4 

Some vertical-shaft windlasses, particularly those on Capstan r ^^ ia r ^""£";;;;: d 2 -m 

naval vessels, have two completely separate power plants, G „, injf> Bend t0 capstan: eB 0 . 94 

electric motor driving two pumps with each pump dis cap ^ty to hoist one anchor and the full scope of chain at no specified 

Ch SSS«Sa.^^bed *ove, 3— awiar -* to 

the hydraulic transmission would consist ot a positive 
displacement, reversible-flow, variable-stroke pump piped 
in a closed circuit to a fixed-stroke hydraulic motor The 

first pinion in the gear reduction should be «n:pled o, discharge from the relief valves may be led to 

rather than mounted on, the B-end output shaft. The hy- ™ 

draulic circuit should include an auxiliary, P 0 ^ 1 ^ Direct electric-driven windlasses should be provided 

placement, replenishing pump. The pumping unit bedpkte U « e]e ^. c brake fln the motor sha f t Hydraulic wind- 

is usually built as a storage tank, and it should be large be provide d with either an electric brake or 

enough to contain 110% of the oil in the system 6 o that al hydraulic brake, which should be mounted on the 

oil may be drained to the tank for servicing or mamte- ^ ^ J ectnc and hydraulic brakes should set upon loss 

nance- , . , >- „ of pither electric power or, on hydraulic windlasses, hy- 

Some windlasses are provided with a power-himtmg P 

vice that is responsive to the pressure in the system. The djrectionaJ contro] for direc t electric-driven 

power limiter should be designed so that when the p I should be effected by a master switch located aft 

sure reaches a predetermined value the pump sCr0 ^ , a safe distance from the windlass. The master 

reduced with increasing pressures, keeping the elect Slia ji y equipped with a vertical handle, as de- 

motor power constant. As the pressure in the system re- switch is t jsuaNy q pf 

duces (i.e., the anchor chain is hauled m) the power limiter contro] for a hydraulic windlass may be effected 

will return the pump stroke to the setting called for y ma]]Ua] i y or by servo control. The control wheel 

nrSbf the hydraulic ***«*£ %«£ 

is the shaft shm,ld 
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be provided with a deck stuffing box through which it is 
led to the A-end strobing mechanism. The run of control 
shafting should be made with great care in order to avoid 
excessive friction, lost motion, and misalignment that may 
be caused by deck deflection. Universal joints and slip 
couplings should be used to assist in eliminating the ef- 
fects of misalignment. 

The handwheel for the hydraulie stroking device is ar- 
ranged in a horizontal plane. An auxiliary handwheel for 
the stroking device should be located adjacent to the A- 
end to assist in servicing or warming up the unit The 
stroke-control mechanism should be provided with a 
spring detent for the neutral position of the A-end strok- 
ing spindle. Limit switches should be arranged to prevent 
the pump from being started unless the pump and servo 
control are in the neutral position. This is necessary to 
ensure that the anchor does not start to move when the 
pump is energized. 

Electric master switches should be provided with de- 
tents so that the operator can sense the speed position 
selected. Handwheels for controlling hydraulic wind- 
lasses should be equipped with a speed indicator marked 
“1/4”, ”1/2”, ”3/4 ” and “Full” to each side of “Stop” 


for the neutral position. Rotation of the handwheel in a 
clockwise direction should start the windlass in the 
hoisting direction. 

The procedure followed in determining the powering 
requirements of an electrohydraulic windlass with an 
attached capstan is given in Table 4. The procedure for a * 
direct-electric windlass is similar. Motors for direct-con- 
nected windlasses should have a 30-minute short-time rat- 
ing, whereas, for a hydraulically driven windlass the mo- 
tor rating should be 30 minutes at 15% load followed by 
30 minutes at full load. If a separate replenishing pump 
is provided, it should be rated for continuous duty. The 
main pump motor should be interlocked in such a way 
so that it will not start unless the replenishing pump is 
running. A start-stop pushbutton arrangement should be 
provided on or near the weather deck control station in 
addition to the buttons on the controller cabinet. A low- 
surface-temperature electric heater may be provided in 
the windlass sump tank to maintain the oil temperature 
at 60 F in cold weather. The heater should be supplied 
from a circuit independent of the main power feeders and 
arranged to be disconnected when the main pump motor 
is energized. 


Section 4 

Winches, Capstans, Cargo-Handling Equipment, and Elevators 


4.1 Introduction. Deck machinery has changed sub- 
stantially to support the transition from labor-intensive 
to packaged concepts in cargo handling. The various types 
of winches associated with topping, slewing, and hoisting 
winches have almost disappeared, and, to a certain extent, 
have been replaced by deck cranes. Many cargo ships, 
such as containerships and roll-on/roll-off vessels, oper- 
ate with no onboard cargo-handling winches, but instead 
depend on specialized cargo access equipment and shore- 
based loading and unloading equipment. 

The use of mooring winches has expanded to all types 
of ships, including smaller ships, and the winches have 
been simplified. The sophisticated mechanical tension- 
sensing mechanisms in electric automatic mooring 
winches have been replaced by simple, robust, electronic 
load cells. Spooling devices on mooring winches have be- 
come unnecessary since the introduction of the split moor- 
ing drum with a separate tension part, which avoids ten- 
sion on the spooled wire, and fewer capstans and warping 
winches are required because of the more extensive use 
of mooring winches. 

The development of prime movers for deck machinery 
has been centered primarily on improved electric drives, 
D-c electric drives have, to a large extent, been replaced 
by multiple-speed a-c motors. The use of solid-state con- 
trollers for infinitely variable speed control has resulted 
in a more extensive use of single-speed squirrel-cage mo- 
tors for marine deck machinery. 

4.2 Mooring Winthes. Mooring winches are used to 
hold a ship in position alongside a pier. A high-capacity 


brake that can hold a load approaching the breaking 
strength of the mooring line, but which can be set to slip 
at a lower tension to avoid line breakage, is an important 
part of a mooring winch. Reference 18, the ISO Standard 
for mooring winches, specifies a minimum of 80% of the 
breaking strength of the line for a mooring winch drum 
brake. 

Automatic or self -tensioning mooring winches can be 
set to au tomatically render and recover mooring line using 
the prime mover when the line tension varies outside of 
preset adjustable limits. A “constant-tension” mooring 
winch is an automatic mooring winch with only a small 
difference between rendering and recovery tension. 

Many mooring winches are equipped with a warping 
head. The mooring drum must then be declutchable to 
allow it to remain stationary when the warping head is 
used for rope handling. Synthetic line is used on the warp' 
ing head, while wire rope is normally used on the mooring 
drum. During berthing, the mooring drum can be used for 
warping the ship toward the pier, and with automatic 
mooring winches this operation can be made “self-ten- 
sioning” by setting the winch for the proper mode. Nor- 
mally, two of the forward mooring winches are combined 
with wildcats to accomplish the windlass/mooring func- 
tions with a single unit. 

A frequent problem with mooring winches is caused by 
the fact that the rope is generally spooled on the drum in 
a slack condition during the mooring operation. Unless 
special precautions are taken, the underlying layers will 
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Fig. 21 Split-drum mooring winch 


be loosely spooled when the mooring line is being ten- 
sioned at the top layers. Mooring lines are often damaged 
because the top layers wedge into the underlying layers; 
correcting this situation is always a difficult task. This 
problem can be avoided by using a split mooring drum, 
which is illustrated in Fig. 21. When not in use, the moor- 
ing line is stored on the storage drum. The figure shows 
the winch after the length necessary to reach the shore 
bollard has been payed out, the wire has been transferred 
through the slot in the mid flange, and the mooring line has 
been tensioned. In addition to solving problems associated 
with taut lines wedging into lower layers, the split drum 
has the advantage of allowing operation on the first layer 
and thereby achieving rated line tension at rated winch 
torque. The winch capacity is rated on the first layer, 
for example, seven wire rope layers on the drum would 
approximately double the working radius and, therefore, 
reduce the rated rope tension by 50%, The general charac- 
teristics of mooring and warping winches are specified in 
reference 18, 

It may seem obvious that constant-tension mooring 
winches should not be used with the spring lines on tank- 
ers, Nevertheless, this has happened and caused breakage 
of the loading arm and spillage of oil. As a consequence, 
the use of automatic mooring winches is not permitted in 
most tanker terminals, and tankers must be moored using 
the drum brakes, 

A mooring arrangement is a compromise. Reduced 
crews, remote-control complications, and increased safety 
would suggest fewer but larger mooring winches, with 
one prime mover per drum. A six-point mooring arrange- 
ment with two spring, two breast, one head, and one stern 
line is preferred for most ships, but the size of th£ shore 
bollards limits the rope size in some harbors. 

Drum brakes hold the mooring lines in extreme situa- 
tions and establish the line capacity of the mooring ar- 
rangement. It is important therefore that the operator be 
able to set the brake to the maximum braking capability, 
and that there be an indicator to show the tension at which 
the brake will begin slipping. 


Automatic mooring winches are powered by "live” or 
"dead” motors. Electric and unitized hydraulic drives 
have both alternatives, while central hydraulic system and 
steam-driven mooring winches have only "live motors, 
which are continuously energized in the hauling mode. 
When operating with a “dead” motor, a motor brake holds 
the load when the motor is at standstill, and the motor 
brake slips when rope is rendered. _ , 

Steam winches and most hydraulically driven winches 
are inherently “self-tensioning.” If the rope tension is 
below thfe hauling capability of the motor, the winch will 
recover line. When the winch is recovering line, the motor 
will stall if the line load increases to the point that rated 
motor pressure is developed. If the rope tension increases 
above a certain limit, the motor will overhaul and act as 
a pump, and the winch will render line. 

The frictional losses in the motor and winch determine 
the line rendering/recovery ratio. The winch cannot re- 
cover lihe unless the motor torque caused by the line load 
is less than the motor stalling torque multiplied by the 
mechanical efficiency of the motor itself and the mechani- 
cal efficiency of the winch. In the rendering mode, the line 
must overcome friction; therefore, the maximum line load 
corresponds to the motor overhauling torque divided by 
the mechanical efficiencies of Uie motor and winch. The 
rendering/recovery ratio, R, will thus be: 

Motor over hauling torque 

R = (Motor stalling torque) (Mech. efficiency) 2 

where 

Mechanical efficiency = (Motor eff.)(Winch eff.) 

In some hydraulic winches, separate valves control the 
rendering and the recovery tension, but the ratio cannot 
be smaller than given by the above expression. 

For steam winches, the rendering/recovery ratio is gen- 
erally in the range of 2.2 to 3.5, depending on the design 
of the bearings, packings , etc. For hydraulic winches the 
ratio is 1.6 or more, but for electric winches the ratio can 
be less than 1.6. A ratio of 3 or less is generally considered 
to be acceptable. 

Hydraulic unitized automatic-tensioning mooring 
winches offer some advan tages over other types. The oper- 
ation of a unitized hydraulic mooring winch is simplified 
because the operator can control the line for rigging by 
varying the pump’s displacement. For automatic ten- 
sioning, the pump control is locked in the inhaul position. 
During automatic tensioning, the speed and tension will 
be along the constant-power or pressure-compensator 
override curve. The line will automatically pay in or pay 
out as line tension varies as shown in Fig. 22. Usually, 
the pressure compensator override takes control from the 
power limiter at the specified mooring winch rating. 

Figure 22 shows that the line begins to pay out at ap- 
proximately 50% above the tension setting. This is due to 
effects of mechanical efficiencies when the gearbox and 
hydraulic motor reverse direction. The difference between 
inhaul and outhaul line loads is usually advantageous be- 
cause it provides a dead band during which there is no 
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Fig. 22 Performance of a typical unitized mooring winch 


winch movement. If the spread between the rendering 
tension and the recovery tension is unacceptably large, it 
can be substantially reduced by using a high-efficienev, 
high-torque, low-speed motor in place of a high-speed mo- 
tor and gearbox. 

The brake release valve is linked to the pump control. 
As the operator moves the mooring winch control off cen- 
ter, the brake valve shifts. Servo pressure is then ported 
directly to both the pilot-operated bypass valve and the 
spring-set, hydraulically released brake. 

Variable-stroke hydraulic motors can he used advanta- 
geously in some mooring-winch applications. Variable- 
stroke motors are well suited for winches that have a 
large speed range requirement, which is often a high, 
light-line speed requirement. 

A synthetic, self-tensioning line can be used to reduce 
winch operation and wear because the line itself has much 
greater elasticity than a steel line and, therefore, can ab- 
sorb many minor adjustments by stretching or relaxing 
without the winch being energized. 

If a gypsy or warping head is required, it must be ar- 
ranged so that it will function with the drum declutched 
and secured. If the head is to be used for warping duty, 
then the head, shaft, bearings, etc., should be designed to 
withstand the breaking strength of the hawser applied 
tangentially at midlength without exceeding 75% of the 
yield point of the materials. Warping head design details 
are described in reference 19. 

Most automatic and nonautomatic mooring winches 
with electric drive are powered by a-c multiple-speed, 
squirrel-cage motors. These motors are the same type as 
for windlasses; that is, they are normally three speed with 
the same torque at creep and medium speeds, and the 
same power at medium and high speeds. Thus, the high- 
speed step has a reduced torque, and the rated capacity" 
is based on the medium-speed performance. 

The number of electric motor poles can be 4/8/16, cor- 
responding to a synchronous rpm of 1800/900/450 at 60 
Hz, but 2, 32, and other numbers of poles have been used 
as well. 



4.3 Capstan*. There are three mechanical arrange- 
ments of capstans in general use. In one arrangement the 
motor, electric brake, gear reducer, and capstan head are 
mounted on a common bedplate on the weather deck. In 
a second arrangement, only the capstan head is mounted 
in the weather, with the motor, electric brake, and gear 
reducer hung from the underside of the weather deck. In 
a third arrangement, the capstan head is on the weather 
deck, with the motor, brake, and gear reducer on the deck 
below, as illustrated by Fig. 23. In all three cases, the 
master switch is located near the capstan head on the 
open deck, and the controller is located ui a protected 
location, such as a deckhouse or the capstan machinery 
space. 

The first arrangement mentioned has the advantage 
that the complete unit can be assembled by the capstan 
manufacturer for bolting in place by the shipbuilder. How- 
ever, it has the disadvantages that the motor and brake 
must be of watertight construction and, in some designs, 
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Fig. 24 Capstan with motor in capstan head 


the capstan head is elevated to an inconvenient height 
above the weather deck. The motor-in-head-design shown 
in Fig. 24 allows above-deck mounting with the head at a 
suitable working height. 

The second arrangement has the advantage of having 
the motor and brake out of the weather so that they may 
be of dripproof construction. However, it introduces a 
deck penetration, which must be made watertight, and the 
capstan head must be mounted by the shipbuilder. 

The third arrangement, which is common, entails a 
problem of alignment between the driving and driven 
units and requires the installation of a flexible coupling 
that can accommodate a small amount of misalignment 
and variation in the vertical distance between decks, which 
may be caused by either temperature changes or deck 
loadings. This type of capstan offers the advantage of 
having the power unit on the deck, rather than overhead, 
so that it is more readily inspected and serviced. 

The capstan head is usually of the smooth-barrel type 
(without whelps) and its configuration should approxi- 
mate that given in reference 19. The gear reducer gener- 
ally consists of a worm-and-wheel reduction and a spur, 
helical, or herringbone reduction. It is preferred that the 
worm-and-wheel reduction (if used) precede the other re- 
duction in order to take advantage of the slightly higher 
efficiency of the worm at the higher rubbing speed. All 
bearings in the reducer should be of the ball or roller type 
because of the necessity of accurate alignment of the 
worm gearing. The deck bearings for the capstan arrange- 
ment shown in Fig. 23 may be of either the roller type or 
of the sleeve type with bronze bushings. 



Fig. 25 Warping winch with extended shaft 


For merchant ships, it is commonly specified that when 
the capstan is handling the specified load, the stresses 
should not exceed 40% of the yield point of the materials. 
The capstan head, main shaft, bearings, and capstan base 
should be designed to withstand the breaking strength of 
the hawser applied tangentially at midheight of the head 
without exceeding 75% of the yield point of the materials. 

Capstan motors should be reversible and are usually of 
the two-speed (full and quarter), constant-power, squirrel- 
cage type. They should be rated for 30-minute, short-time, 
full-load duty on either winding. A brake should be pro- 
vided on the motor shaft. The motor and controls should 
provide adequate control of overhauling loads. Step-back 
protection from high to low speed should be provided so 
that, when retrieving a light line on the high-speed point, 
the motor speed will automatically step back to low speed 
if the rated power is exceeded in high speed. Automatic 
return to high speed should also be provided should the 
line pull be reduced. Capstans are usually designed for 
line speeds of about 30 to 35 fpm in low speed since this 
is about as fast as an operator can handle the line and 
keep it tight around the head for friction purposes. If the 
motor is full and quarter speed as suggested above, this 
will result in a light-line speed of from 120 to 140 fpm. 

4.4 Warping Winches. A warping winch is typically 
used to warp a ship alongside a pier or to move a ship 
from one place to another, by means of hawsers, without 
other assistance. The warping head on a warping winch 
is similar to the head on a capstan, except that the warping 
head or heads are mounted on a horizontal shaft. In some 
instances, the heads are mounted on extensions of the 
main shaft so that they may be at a considerable distance 
from the power unit, as in Fig. 25. If the shafts are ex- 
tended in order to spread the heads apart, these exten- 
sions are provided with outboard bearing pedestals close 
to the heads. 

If the ship is equipped with mooring winches, the warp- 
ing heads are generally positioned on extended drum 
shafts. The drum is declutched and secured by the band 
brake when the warping head is rotated. 

A stress analysis should be made for warping winches 
employing the limitations as described above for capstans; 
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in addition, if a drum is provided, the unit should be capa- 
ble of withstanding the stall torque of the motor without 
exceeding 75% of the material’s yield point 

The electrical equipment described for the capstans is 
suitable for warping winches. 

4.5 Synthetic and Fiber Rape Handling Gear. Twin- 
drum traction winches for the “first-line ashore’ 7 are also 
a kind of warping winch. The fiber rope is stored on a 
separate self-tensioning drum or in a bin. The twin-drum 
unit can be replaced by a warping head, but the pay- 
out operation then requires additional equipment, and the 
heave-in operation is sensitive to varying tension, rope 
conditions, etc. The “first-line ashore 7 ’ is preferably a syn- 
thetic hawser that floats. This rope is cost effective, but 
sensitive to chafing and fusing; its melting point is 320 F. 
Adequate support of tensioned polypropylene rope can be 
given by the grooves in the twin drums, but stepping of 
the drum diameter at the various grooves is necessary for 
proper function under the varying operating conditions 
from slack to full tension during pay-out and heave-in. A 
minimum of five grooves is necessary and a drum set with 
five or six grooves is normally used. 

Figure 26 shows a twin-drum traction winch that is 
driven from a mooring winch. One traction winch with a 
storage reel on each end of a ship is preferable. Some of 
the largest tankers are equipped with two at each end. 
This equipment is well suited for remote control, which 
increases operator and ship safety. Fiber rope handling 
gear is also used for pulling in single-point mooring sys- 
tem messenger lines. 

4.6 Winches for Cargo-Handling. The simple rigging 
arrangement shown in Fig. 27 has the capability of 
performing the three basic functions required to handle 
the boom and the cargo. One function is the ability to 
top the boom, i.e., raise the boom head to the proper 
elevation. A second function required of the rigging 
arrangement is the ability to swing (or slew) the boom 
so as to control the transverse location of the boom 
head. As shown by Fig. 27, the upper vang pendants, 
which are secured to the boom head, are used to swing 
the boom. Yang lines are required on both sides of the 
boom head. Lastly, the rigging arrangement must be 
capable of hoisting and lowering the load. The load 
would be secured to the cargo hook shown in Fig. 27 
and would be hoisted and lowered by means of the 
cargo hauling part that goes to the cargo (hoist) winch 
drum. There are many variations of the basic rigging 
arrangement shown by Fig. 27 [16]. 

Reference 20 specifies the criteria to be used in the 
design of cargo winches, and reference 21 contains addi- 
tional descriptive and operational information concerning 
cargo-handling gear. 

Most cargo winches are driven by 50-hp electric motors. 
Hydraulic and steam winches have approximately the 
same full-load speeds as electric motor-driven winches, 
but the light-line speeds may be different, being some- 
what slower for hydraulic units and somewhat faster for 
steam units. Cargo winches have different ratings at dif- 
ferent line pulls; typical ratings for a 50-hp, motor-driven, 
electric eargo winch are as follows: 


Drum Line Pull, lb 

Drum Line Speed, fpm 

0 

500 

3720 

290 

7450 

220 

14,500 

105° 

19,000 

70 4 


“"Two-speed” winch in low gear. 
Separate auxiliary drum. 


Most cargo winches are provided with a double gear 
reduction. The first reduction is frequently of the herring- 
bone type while the second is usually of the spur type. In 
some few instances, when the winches are to be mounted 
on or adjacent to living quarters and very quiet winches 
are required, they are fitted with a single worm gear 
reduction. Most winches are of the single-drum type. If a 
gypsy head is desired on the winch, it is mounted on an 
extension of the drum shaft and the drum is then fitted 
with a mechanical brake and a clutch so that the drum 
may be secured when the gypsy is used. 

Occasionally, a double-drum winch may be installed in 
place of two single-drum winches, thus saving the cost of 
the second motor and electric brake. On such a winch, 
both drums must be provided with clutches that are inter- 
locked so that only one drum can he engaged at a time, 
but permitting both to be declutched at the same time. 
Also, each drum must be provided with a mechanical 
brake. 

The mechanical band brakes provided on cargo winches 
are intended to be holding devices rather than stopping 
devices. In an emergency, such as that caused by a power 
failure with a load suspended, the mechanical band brakes 
may be used to lower the load to the deck. For heavy-lift 
winches, the brake mechanism should he of the screw 
compressor type. On these brakes, a shaft with a hand- 
wheel has an acme thread, which provides the force neces- 
sary to tighten the brake in a manner similar to the anchor 
windlass brake shown in Fig. 19. The brake bands are 
usually lined with a brake lining similar to that used for 
the anchor windlass brake. In addition to the clutch inter- 
locks mentioned above, it is advisable to interlock the 
brake and the drum clutch in such a way that the clutch 
cannot be moved out of engagement until the brake is set. 

As a substitute for the band brakes, it is frequently 
possible to use a simple locking device, such as a bar or 
pin that can be inserted in a sleeve in the winch pedestal 
and pushed through to engage a hole in the flange of the 
winch drum. 

Drum clutches should be of the positive-engagement 
type; the most commonly used type is the jaw dutch. If 
the clutch is of the dry type, the jaws should be relieved 
a few degrees so as to facilitate engagement. If the clutch 
is to be lubricated, then the jaw faces should be parallel, 
but a few degrees of backlash should be provided to facili- 
tate the engagement. 

Brake and clutch linkages should be arranged and de- 
signed so that they will be extremely rigid in order that 
they will not be bent or otherwise damaged by being 
“forced.” Ail clutches should be provided with a device 




696 


marine engineering 


Sin 

i- 

f- LL 


HULL MACHINERY 


697 



DOUBLE TOPPING LIFT 
BLOCK AT BOOM HEAD 


TOPPING LIFT LEADLINE 
OR HAULING PART 


tjy UPPER VANG 
/ BLOCKS. 


SWAGED JOINT 
{WELDED! 


SHACKLE 


boom heel Slock 


"*■ TO HOIST 
WINCH DRUM 


BOOM HEEL SWIVEL PAD 


KINGPOST - 


TOPPING 

WINCH 


boom heel 

FITTING 


GOOSENECK 


BOOM HEEL 
PIN 


BOOM STEP 
BRACKET 


BOOM HEEL j 
SWIVEL 
FITTING 


^SWIVEL FITTING FOR TOPPING LIFT 
- SWIVEL PAD 

-shackle 
O 


DOUBLE TOPPING LIFT BLOCK 
AT KINGPOST 


LOWER VANG 


BLOCK 


VANG PAD 




DOUBLE LOWER 
HOIST BLOCK 


SWIVEL 

FITTING 


shackle 


VANG (OR GUY) 
TACKLE 


CARGO HOOK 


LOWER VANG BLOCK 
— OBLONG SWIVEL EYE 
-SHACKLE 


BOOM HEAD 

VANG EAR ON 000 M 
HEAD FITTING 

BOOM HEAD FITTING 

SHACKLE 

SWIVEL EYE 

OUBLE HOIST BLOCK 
AT BOOM HEAD 

-ETE SPLICE 

„ UPPER VANG PENDANT 

-EYE SPLICE 

- SHACKLE 

k OBLONG EYE SWIVEL 
' UPPER VANG BLOCK 
-EYE SPLICE 
-STANDING PART 
-HAULING PART 


* VANG PAD 

Fig, 27 Nomendoturc for cargo gear rigged for swinging or slewing 


that will secure the clutch handle in either the engaged 
or the disengaged position. 

The drums should be fitted with removable rope guards 
designed to prevent a slack rope from being wound over 
the flange and being wrapped around the drum shaft. 
When a large amount of wire rope is to be stored on a 
winch drum, it is advisable to use a spooling device. 

The most elementary form of a spooling device is a 
grooved drum. The groove is a long spiral from end to end 
of the drum. However, a grooved drum will control the 
storage of only one layer of wire and only if the fleet 
angle is very small and if the wire is kept under tension 
continuously. Mechanical spooling devices may take any 


one of several forms, the most popular of which consists 
of a pair of rollers that are arranged with their axes at 
right angles to the line lead and parallel to the drum 
flanges. The rollers are mounted on a trolley or carrier, 
which is moved back and forth across the width of the 
drum to ensure that the wire is wound evenly across the 
full width. Ordinary trapezoidal threads are the simplest 
and most reliable for movement of the carrier, but a suit- 
able reversing mechanism must be fitted. 

There are a number of ways of obtaining variable or 
multiple speeds when a winch is driven by an electric 
motor. One alternative is a single^speed, squirrel-cage mo- 
tor driving the winch through a variable-displacement hy- 
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Rg. 28 Vcmg winch designed (or motor 1o be mounted within a vang post 


draulic pump. Three- aud four-speed squirrel-cage motors, 
wound-rotor slip-ring motors, and a-c/ d-e motor-generator 
sets, which produce ad jus table- voltage d-c to control the 
speed and direction of the winch, have also been used. 
These systems can be simplified by using single-speed, 
a-c electric motors controlled by variable-frequency com 
trol systems. The drive motor circuitry should provide 
safe lowering speeds if either a brake failure or power 
failure, or both, occur. More details concerning cargo 
winch electric drives are given in reference 21. 

As illustrated by Fig* 27, topping and vang winches 
are used to move the cargo boom vertically and laterally, 
respectively, in order to position the boom head to handle 
the hook load. They are usually of simple mechanical and 
electrical arrangement, capable of positioning the boom 
when it is fully loaded, and are also capable of lowering 
the boom to the deck for servicing. In addition, topping 
winches are used to hoist the boom to the highest working 
position or, if the boom is to be stowed vertically, to the 
boom rest on the kingpost or crosstree. 

Topping and vang winches are usually designed so that 
the lubrication and the fill-and-drain connections will func- 
tion properly whether the winches are mounted horizon- 
tally or vertically* This allows the shipbuilder latitude in 
arranging the winches so as to provide the best possible 
cargo-handling arrangement* The winches should be capa- 
ble of handling the working and test loads without the aid 
of a drum ratchet and pawl or other securing device. The 
drive arrangement may be of either the spur-gear {double 
or triple reduction) type or the worm-gear type* The 7.5- 
hp vang winch in Fig. 28 is designed such that the motor 
and brake are mounted within a vang post; only the drum 
is exposed to the weather. 

Topping and vang winch motors are usually of the sin- 
gle-speed, reversible, squirrel-cage type, and are equipped 
with brakes. The motors should be rated for 30- minute, 
short-time, full-load duty. 

Master switches should be of the "sprmg-retum-to- 
OFF” type* Frequently, the master switches for the top- 
ping and vang winches for a boom are arranged so that 


they are operated by a single lever. Providing the control 
of the two winches in a single lever permits the operator 
to position the boom quickly and land the load with great 
accuracy. 

4*7 Navy Replenishment at Sea Systems (R AS), These 
systems, which are known by a variety of names or acro- 
nyms, have been highly developed for use in ship-to-ship 
cargo (solids) and liquid transfer. Cargoes can include 
everything from foodstuffs to sophisticated weapons to 
personnel. The replenishment activity occurs while the 
ships are unlerw^ay, hence the common term “ underway 
replenishment" or UN REP. 

A simplified schematic for fuel and highline cargo trans- 
fer is shown in Fig. 29* The spanwire is used to support 
saddles for liquid or fuel transfer hose. Small winches 
called saddle winches position the saddles along the 
spanwire* The saddle winches are either hydraulic or elec- 
tric. The highline is used to support the solids cargo trolley 
as it travels between the ships* The movement of the 
trolley is controlled by inbaul and outhaul winches. High- 
line transfer of personnel is accomplished with hand-pow- 
ered tensioning and inhaul for safety reasons* 

4.8 Cargo-Handling Cranes. Cargo cranes are pre- 
dominantly wire luffed and feature level luffing as a stan- 
dard. Level luffing is an important safety feature and is 
achieved through proper geometry selection during the 
design stage. The drive systems are principally elect-rohy- 
draulic. Hydraulics offer the advantage of lower weight 
and higher power density when compared with alternative 
drive systems. 

A typical marine cargo crane is shown in Fig* 30. Many 
different types of cranes have been developed including 
those designed as telescoping or folding boom types, and 
overhead or gantry types. Each type of crane offers ad- 
vantages* The primary factors influencing the selection 
of the correct crane type are: cargo to be handled, ambient 
temperature, duty cycle, lift capacity, lift height, out- 
reach, visibility, weight, center of gravity, and drive 
system. 

Cranes are placed on the deck and it is important that 
the machinery be well protected. Machinery should be 
placed inside the crane housing whenever possible. Pre- 
heating of the drive systems {hydraulic or electrical) is 
important and must be a feature of all equipment placed 
on deck. The heating system should be arranged in such 
a way that it can be energized independent of the main 
supply. The hydraulic system should have the capability 
to preheat the oil. Electric motors and cubicles must be 
equipped with heaters to avoid condensation. 

The generator capacity on board is often determined by 
the number and size of cranes. When determining the 
generator capacity, the crane supplier should be consulted 
because regenerated power must be considered. 

The hydraulic system comprises three main circuits 
(hoisting/luff ing/slewing) plus a boost circuit. The con- 
trol circuit can be either hydraulic or electric/ electronic 
(solenoid valves)* The main circuits are either closed or 
open looped, with closed loop being preferred. Each circuit 
has a pressure relief valve installed as a safety feature. 
The relief valve is also used to limit the lifting capacity of 
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Fig* 29 Underwoy replemshmenf-ot-iea rigging 
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the crane. To assure that the maximum safe working load 
of the crane is not exceeded, the crane should be equipped 
with a maximum-lift cutout valve. When the cutout valve 
is activated, the pump stroke should automatically return 
to zero and the brakes should close. The brakes should be 
spring activated so that if power is lost, they will close 
automatically. 

The pump unit is an integrated unit consisting of main 
electric motor, pumps, and gearbox. Preferably one pump 
is used for each main function (hoisting/slewing/luffing). 
The alternative is to let one or two pumps serve the cir- 
cuits, although in this case the speed of each function will 
be dependent on the number of motions driven simultane- 
ously. 


To guarantee safe operation, all motions must be gov- 
erned by safety limit switches. These limits are primarily; 
safe working load cutout, slack rope, full drum, empty 
drum, maximum outreach, minimum outreach, and, when 
required, slewing limits. Further safety limits may be 
required in specific applications. 

4.9 Cargo-Access Equipment. Cargo ships must have 
cargo-access openings into their holds: either vertically in 
the weatherdeek or horizontally in the bow, stern or side 
as with roll- on / roll -off vessels. Cargo-access closures are 
vulnerable to damage at sea and, thus, properly designed 
cargo-access closure equipment is vital to ship safety. 

Besides providing weathertight integrity during a voy- 
age, cargo-access equipment may also provide the means 
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to move cargo onto or off the ship and the means of 
its interdeck transfer. This latter operation is performed 
either on wheels via fixed or adjustable ramps, or by ele- 
vator. 

The hatch cover is the single principal piece of access 
equipment for vertically loaded dry-cargo vessels, and a 
number of different designs have been used. The decision 
as to which to install depends on ship type (e*g., bulk 
carrier, general cargo ship, multipurpose vessel, reef- 
ership) plus cargo type and considerations of space on 
board. 

The access and transfer equipment for horizontally 
loaded (roll-on/roll-off) vessels includes; visors, bow or 
stern doors, bulkhead doors, internal or external ramps, 
ramp hatch covers, hoistable decks, and elevators. 

Ships vary greatly in design, so the cargo-access equip- 
ment is rarely standardized and normally custom-de- 
signed and built, A more complete discussion concerning 
cargo-access equipment is contained in reference 22, 

4*10 Elevators. Many types of merchant and military 
ships require elevators for the vertical movement of per- 
sonnel, cargo, or weapons. Two primary types of elevators 
are in common use: hoistway {or trunk) mounted and open 
mounted. Both types are usually operated by wire-rope 
hoisting cables in one of the following hoist arrange- 
ments: 

* Winding drum, which is powered by a hydraulic or 
electric motor. 

* Traction drive, with a counterbalance weight and 
drum, which is powered by a hydraulic or electric 

4 motor. 

* Hydraulic engine, which consists of a traveling 
sheave on a hydraulic cylinder. 

However, on occasions shipboard arrangements favor 
elevators that are operated by other means. Scissors ele- 
vators are well suited for the requirements associated 
with some short-travel (e.g*, betweemdeck) hoists* 

Passenger elevators are enclosed platforms that are 
hoisted by winding-drum or traction-drive machinery. 

Cargo elevators are typically open platforms that travel 
in a hoistway* For maximum access, some designs include 
an upper-deck hatch to the hoistway; when servicing the 
upper deck, the hatch is opened and the elevator platform 
is raised to be level with the deck* Cargo elevators are 
usually operated with winding-drum or traction-drive ma- 
chinery. Ammunition and weapon elevators are similar to 
cargo elevators, except that the elevator platform, doors, 
and structure must be designed to withstand blast 
loadings* 

Aircraft elevators on aircraft carriers are usually oper- 
ated by hydraulic engines* This arrangement permits the 
hydraulic cylinder to be pressurized by an accumulator, 
which is charged by hydraulic pumps that run almost 
continuously during a complete cycle* As a result, the size 
of the elevator prime mover is greatly reduced. 

All shipboard elevator platforms have guide rails, and 
guide rails are also required for the counterweights of 
traction-drive elevators. For most military applications, 
the guide rails must be designed with sufficient strength 


and rigidity to permit safe operation when rolling 15 deg 
(10 deg for commercial applications) and when pitching 5 
deg; in addition, the elevator platform must be designed 
to withstand a roll of 45 deg (30 deg for commercial appli- 
cations) and a pitch of 10 deg, when stowed* The specific 
requirements for machinery operation under the various 
storm, moderate sea, and permanent list conditions vary 
depending on the type of ship. 

Safety provisions for the hoisting machinery and con- 
trols of elevators include: 

4 

• Platform overspeed or free-fall safety stops (often 
in the form of knurled rollers that wedge into the 
guide rails)* 

• Slack-cable device, to stop the platform if any of the 
hoist ropes become slack. 

• Buffers below the platform (and counterweight, if 
used), 1 to decelerate a free fall. 

• Brakes on winding-drum and traction elevators, 
which are capable of holding the platform and 150% 
of the rated load for military applications (125% for 
commercial applications)* 

• Interlocks, to prevent elevator operation when doors 
and hatches are improperly positioned. 

• Interlocks, to prevent elevator doors from being 
opened when the platform is not in proper position, 

• Speed governor to control platform speed* 

Other safety-feature and design criteria are contained in 
references 23, 24, and 25. 

To illustrate some of the principles associated with the 
design of elevators, the elevators that are used to trans- 
port aircraft between the hangar deck and flight deck on 
aircraft carriers may be considered. The arrangement of 
a typical aircraft elevator is illustrated by Fig, 31* To 
minimize weight, the platform of an aircraft carrier is 
often made of an aluminum alloy; nevertheless, the plat- 
form weight is several times larger than the aircraft pay- 
load* The large hoist load and the short duty cycle require 
a very high power output (typically about 2500 hp) from 
the prime mover during the hoist phase, which would be 
difficult to accommodate with elevators of the winding- 
drum or traction-drive types because of size considera- 
tions and peak electric power requirements. However, a 
hydraulic engine that consists of a traveling sheave 
mounted on a hydraulic cylinder that is pressurized by an 
accumulator is well suited for this application. The reeving 
scheme for a traveling-sheave arrangement is illustrated 
by Fig. 32* The anchored end of the cables in a traveling- 
sheave arrangement may be either on the cylinder side 
of the sheave or opposite the cylinder* For the situation 
illustrated, the cylinder rods would be in compression to 
support the platform if the cables were anchored to the 
cylinder; therefore, they are anchored on the opposite 
side. 

A simplified schematic of the hydraulic system for a 
traveling-sheave arrangement is shown by Fig* 38; the 
cycle is seen to be open, with several hydraulic pumps 
being used to charge an accumulator (or bank of accumu- 
lators), which, along with the pumps, delivers oil at a high 
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Aircraft elevator cable reeving arrangement fm/mberi 
indicate the number of wire rapes in o cable rurrj 


pressure and flow to the hydraulic cylinder during the 
hoist phase of the cycle. 

The duty cycle for an aircraft elevator is shown by 
rig. 34, and the accumulator charge is also indicated The 
hydraulic pumps take suction from the hydraulic-oil ex- 
haust tank and charge to the accumulator {or bank of 
accumulators). Both the accumulator and the pumps pres- 
surize the hydraulic cylinders when hoisting, and the hy- 
draulic oil is discharged to the exhaust tank when low- 
ering th e elevator. As indicated in Fig. 33, instead of a 
single hydraulic cylinder, this arrangement includes 
‘hree; to lower the elevator, the hydraulic oil in two of 
the cylinders is discharged to the exhaust tank, and the 
elevator is lowered by gravity. One cylinder is always 


pressurized in the hoist direction by a bank of accumula- 
tors. The constantly pressurized cylinder cannot alone 
support the weight of the elevator platform; therefore 
this cylinder is overhauled by the weight of the elevator 
platform when lowering, and the bank of accumulators 
serving this cylinder is recharged; in effect, it acts as a 
counterbalance. In the event that the platform is suddenly 
lifted by a wave, this feature also functions to extend the 
piston and traveling sheave to prevent the cables from 
becoming slack. 

Several considerations warrant emphasis during the de- 
sign of such hydraulic systems. The hydraulic pumps 
should have enough capacity to completely recharge the 
accumulator several seconds before the end of the duty 
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cycle to ensure that sufficient pump capacity is provided. 
Also the very high flow rates (about 2000 gpm) m the 
hydraulic lines to the cylinder can generate high pressure 
losses; in addition, friction losses in the line to the air 
reservoir can impair system performance. 

The provisions for venting such complex hydraulic sys- 
tems are of major importance, particularly during system 
start-up. Vent connections at all system high points and 
the installation of valves and piping that permit the vented 
fluid to be returned directly to the exhaust tank provide 
a closed-loop venting capability and help to maintain a 
hydraulic system that is free of air. Also the avoidance of 
returning oil to the system that has been vented to buck- 
ets etc. prevents the introduction of contaminants. 

The arrangement of aircraft elevators makes it imprac- 
ticable for all four of the hoist-cable runs to be of the 
same length. The lengths of two cable runs are generally 
significantly larger than the other two. Since the elastic 
elongations of the cables are proportional to their lengths, 
the resulting difference in elongations at the upper ana 
lower elevator positions would be a problem without some 
form of compensation. Large elevators generally have 
multiple wire ropeB at each hitch-point attachment; there- 
fore the excessive elongation of the longer cable runs can 
readily be corrected by installing additional wire ropes, so 
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Fig, 34 Aircraft elevator duty-cycle diagram 


that the hitch-point spring constants are approximately 
the same. Figure 32 indicates that the two longer cable 
runs consist of six wire ropes, whereas the two shorter 
runs consist of four wire ropes. This reeving arrangement 
results in substantially equal hitch-point spring constan s 
during the course of elevator travel, which is required to 
maintain the platform level within acceptable tolerances 
However, the reeving arrangement alone often cannot i 
designed to ensure that the platform will be even with the 
upper deck under all platform loading conditions. Conse- 
quently, the platform is leveled by installing rigid stops 
at the upper deck, which contact the platform near the 
hitch points. These rigid stops enable the hydraulic cylm 
der to stretch the cables and preload the elevator platform 
against the rigid stops with a force sufficient to ensure 
that no variation of platform load, ranging from empty to 
design capacity, affects the platform position at the upper 

d Maintenance procedures must be developed for plat- 
form hitch-point designs that include multiple wire rop : 
to ensure that the ropes are loaded approximately equally . 
Maintaining the load in each wire rope forming the cable 
run within 57° of the average rope load is considered good 
practice. 
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Section 5 

Maneuvering Devices 


5.1 Introduction. To improve a ship's maneuverabil- 
ity, special devices have been designed to deliver side 
thrust or thrust through 360 deg. Tins capability is pro- 
vided to allow ships to be more independent from tugs 
when entering harbors, give them more maneuverability 
for special tasks (buoy tender, cable layer, survey vessel, 
etc.), and in some cases give them a “take home" capa- 
bility. 

There are three general types of thrust devices. The 
most common type, the lateral or tunnel thruster, consists 
of a propeller that is installed in an athwartship tunnel; 
the propellers in these units may be of either the fixed- 
pitch or controllable-pitch type. In a second type, jet 
thrusters, a pump is arranged to take suction from be- 
neath or close to the keel and discharge to either side to 
develop thrust port or starboard, as desired, or in many 
cases through 360 deg. Trainable or rotatable thrusters, 
a third type, are commonly designed such that they can 
be lowered through the bottom of the ship and trained 
through 360 deg so that thrust can be developed in any 
direction. Another type of trainable thruster is similar to 
a large outboard motor and serves both as a propulsor 
and thruster. Yet another type, an active-rudder, is de- 
signed to be incorporated into the rudder and thereby 
trainable. 

There is a considerable amount of literature that deals 
with the subject of special thrust devices; however, the 
most comprehensive treatments of lateral and rotatable 
thrusters are contained in references 26, 27, and 28. Addi- 
tional descriptive material on maneuvering devices, in- 
cluding the cycloidal propeller, which is normally also 
used as a propulsion device, is contained in references 7 
and 16. The various types of jet thrusters and their rela- 
tive merits are described in reference 29, 

5.2 Tunnel Thru*t*r*, The lateral or tunnel type of 
thruster, which is widely known as a “bow thruster” when 
installed at the bow of a ship, is illustrated by Fig. 35. The 
lateral thruster is probably the oldest device for improv- 
ing a ship's maneuverability at low or zero ship's speed. 
Stem thrusters are similar devices installed at the stern 
of a ship. 

The principal performance features of a typical series 
of bow thrusters are given in Table 5; however, the per- 
formance of any particular unit may vary from that 
shown. In general, an improvement in efficiency is ob- 
tained with a propulsor having a larger diameter and 
lower rpm, at the same unit thrust loading. 

Bow thrusters are often designed such that the thrust 
developed is both variable and reversible. This is generally 
accomplished by using a constant-speed electric motor or 
diesel engine to drive a controllable- and reversible-pitch 
propeller. The unit is started with the propeller set at zero 
pitch; then, as the need arises, the pitch is adjusted so as 


to provide the desired thrust to either port or starboard. 
For smaller bow thrusters, however, a fixed-pitch propel- 
ler is sometimes used with a variable- and reversible-speed 
driver. 

Reversing the drive motor is not necessary for a tunnel 
thruster with a controllable-pitch propeller. The drive mo- 
tor may have a constant speed and the propeller also may 
have a constant speed. The thrust and the thrust direction 
are regulated by adjusting the pitch of the propeller. This 
has the advantage that the starting current for electric 
motors is not as high, which will reduce the cost of the 
generator sets and the motor; however, due to the com- 
plex pitch adjustment system, this type of thruster is rela- 
tively expensive. 

When locating the tunnel in the ship, it is desirable to 
have it well forward or, in the case of a stem thruster, 
well aft to obtain the maximum turning moment from the 
thrust developed. When establishing the tunnel location, 
thrust, and power requirement, consideration must also 
be given to the length of the tunnel as increased friction 
losses will reduce the available thrust. 

The submergence depth of the tunnel is an important 
factor, particularly for vessels that operate at a reduced 
draft, because the thrust developed is reduced at low sub- 
mergence depths. A test was conducted at the Philadel- 
phia Naval Shipyard to investigate the effect of submer- 
gence depth on the thrust developed. The bow thruster 
tested was powered by a vertical 800-hp electric motor, 
which drove a reversible-pitch propeller through right- 
angle bevel gears. The thruster tunnel diameter was 6 ft- 
7 in. The ship draft was varied and the bollard pull was 
measured when thrusting to port and to starboard. The 
wind was steady at only a few knots, and there was ample 
clearance both below the keel and to adjacent piers. Figure 
36 shows the data obtained when thrusting to starboard; 
values when thrusting to port were similar. It may be 
noted from Fig. 36 that when the top of the tunnel is 
submerged less than about L5 ft, there is a marked loss 
of thrust. As a rule of thumb, the submergence to the top 
of the tunnel opening should be at least one-half the tunnel 
diameter and the distance from the bottom of the tunnel 
to the keel at least one-quarter the tunnel diameter. 

The design of the junction of the tunnel and hull is 
another factor that requires study. The tunnel openings 
definitely affect the resistance of the hull; however, the 
effect is difficult to accurately quantify because it is of a 
relatively small magnitude. With a well designed tunnel 
arrangement, it would be reasonable to expect an increase 
in the ship's resistance of at least 1%. When it is desirable 
to minimize the resistance added by the tunnel, flow stud- 
ies should be used as a means of engineering the shape 
of the tunnel fairing and also the orientation of protective 
bars, if used. Protective bars are usually mounted in the 
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(5} Typical how thruster assembly 
Fig. 35 Bow thruster 


Table 5 Performance characteristics of typical reversible- 


pitch bow thrusters 


Horsepower 

Diameter, 

ft-in. 

RPM 

Thrust, 

lb 

Thrust/hp, 

lb/hp 

150 

3-7 

450 

4,500 

30 

300 

4-3 

420 

7,900 

26 

500 

5-5 

340 

13,200 

26 

800 

0-7 

290 

20,400 

2 5.5 

1200 

7-11 

240 

30,200 

25* 

1800 

9-2 

210 

44,100 

24.5 


area of the tunnel openings. Protective bars of several 
different designs have been used. In some designs, sev- 
eral of the bars are bolted in place so as to be portable 
and permit access to the mechanism and also to permit a 
removable blade to be unshipped. However, this practice 


has not been uniformly satisfactory because the bars that 
are bolted on have a tendency to come adrift. Conse- 
quently, a preferable design is one with the bars simply 
welded in place. If access is required at a later date, the 
bars are burned off and reweided; due to rigging prob- 
lems, it is often necessary to burn off the bars to accom- 
plish major work irrespective of the design. Access prob- 
lems are alleviated with some designs by the provision of 
a propeller blade removal hatch in the tunnel immediately 
above the propeller. This hatch is large enough for an 
individual to get through, and no access is necessary from 
the tunnel openings. In this case, to remove a propeller 
blade, the ship is ballasted until the tunnel is out of the 
water and the blade is lifted vertically into the ship 
through the hatch. 
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SUBMERGENCE OF TOP OF TUNNEL, FT 


Fig, 36 Effect of tunnel submergence on thrust developed by a bow 
thruster 

The tunnel is generally made of mild steel and is welded 
into the hull To minimize tip leakage losses, the clearance 
between the blade tips and the tunnel should be no more 
than 0.25 in. However, in practice it is difficult to maintain 
concentricity between the propeller and the tunnel. The 
difficulty involves the welding practices during installa- 
tion at the shipyard. After installation, it is not uncommon 
to find the tunnel to be no longer circular, thereby requir- 
ing the blade tips to be ground off. 

For seawater service, all bolts, studs, nuts and other 
fastenings should be of monel. Propeller blades are usu- 
ally of stainless steel or nickel aluminum bronze, with the 
propeller hub of bronze and the pod struts made of steel. 

The propeller is driven through a right-angle gear drive 
(usually of the spiral-bevel type) that is contained within 
the pod assembly. The pinion shaft or input shaft of the 
right-angle drive extends out of the pod and through the 
tunnel assembly. The arrangement can be designed such 
that the pinion shaft penetrates the tunnel assembly at 
any angle desired; however, the shaft is normally either 
vertical or horizontal. With a horizontal arrangement, the 
shaft normally goes directly to the prime mover without 
involving another right-angle drive. In the ease of a verti- 
cal drive, the prime mover can be located many decks 
above. In a common arrangement, a vertical electric motor 
drives the thruster input shaft through auxiliary shafting. 
If the prime mover is a type which cannot be oriented 
vertically (e.g,, a diesel engine), It is then necessary to 
use a second right-angle gearbox. The second right-angle 
drive preferably should be of the spiral-bevel type sup- 
ported by oil- lubricated, heavy-duty, antifriction bearings. 
Flexible couplings should be provided between the prime 
mover and the shafting. 


The hydraulic power unit is often mounted at least 10 
ft above the load waterline so as to avoid the need for a 
separate gravity tank. This head pressure is necessary to 
ensure that an adequate pressure is maintained on the oil 
seals in the propeller hub so that seawater will not enter 
the pod if the seals should leak slightly. The unit should 
have a motor-driven pump mounted on a reservoir, com- 
plete with necessary piping, suction filter, pressure gages, 
relief valves, etc. The reservoir should have a capacity in 
gallons of at least 2,5 times the capacity of the pump in 
gpm and should be fitted with direct-reading level gages 
or sight glasses, fill, drain, and vent connections, and 
access covers large enough to permit the reservoir to be 
cleaned. / 

The thrust developed by a lateral thruster when in- 
stalled in a normal foreship arrangement is approximately 
as indicated by Table 5. Variations can be expected as a 
result of the thruster arrangement, hull form, propeller 
speed, etc. This thrust drops to 50-60% of that indicated 
as the ship’s speed is increased to 2 to 5 knots, depending 
on the length of the ship. 

The master control stand is located in the wheelhouse 
and is sometimes made a part of the wheelhouse console. 
When a controllable-pitch propeller is used, this stand 
should contain a single lever that will pneumatically, elec- 
trically, or electrohydraulically control the hydraulic blade 
positioning system so as to provide stepless pitch control 
from zero to maximum either to port or starboard. For 
fixed-pitch propeller installations, the propeller speed and 
direction of rotation should be controllable. Frequently, 
auxiliary control stands are located on each bridge wing 
and are connected electrically, hydraulically, or mechani- 
cally to the master control stand. 

In addition to the control stand or stands, a control and 
indicating panel should be provided in the wheelhouse. 
This panel should contain pushbuttons for starting and 
stopping the prime mover, the hydraulic system for pitch 
control, etc. It should also indicate the alignment of the 
system (e.g,, propeller pitch indicator) and contain lights 
and alarms for critical pressures and temperatures. 

If the bow thruster is to be used only for docking, the 
main motor need only have a one- to two-hour full-power 
rating. If, however, it will be used for extended periods 
of time, e.g,, as an assist in steering the ship at slow 
speeds during a long passage, then it should be rated for 
continuous full-load duty. All other motors for the unit 
should be rated for continuous full-load duty. 

The controller should incorporate low-voltage protec- 
tion, and interlocks should be provided to ensure that the 
main motor cannot be started unless the pitch control 
system is in neutral, that lubricating oil and hydraulic 
control pressures are available, and that the thruster 
room ventilation fan is in operation (as applicable). 

5,3 Jet Thrusters. A jet thruster is a type of pump 
that takes suction from the bottom, or close to the bottom, 
of the ship and discharges either to the port or starboard 
sides or vectors the thrust up to 360 deg. The propeller 
need operate in only one direction, which allows for a 
straightforward prime mover system. Horizontal diesel, 
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electric, or hydraulic drives or vertical electric or hydrau- 
lic drives may be used. Jet thrusters were initially use 
primarily for ships on inland waterways, where empty 
vessels often have a very limited draft. Normal tunne 
thrusters do not work well under these conditions because 
the propeller and tunnel are not fully submerged. With a 
bottom-suction jet thruster, it is possible to have the full 
thrust available at a draft of only about 1 ft. Jet thrusters 
generally produce effective thrust at ship speeds up to 6 
or 8 knots while tunnel thrusters are most effective when 
there is no headway. 

To get starboard or port thrust, a hinged deflector plate 
is mounted in the propeller tube and is actuated by a 
hydraulic cylinder, which closes off either the port or star- 
board discharge opening. The water is directed through 
90 deg into the horizontal plane and discharged through 
the open duct. The reaction force of the water against 
the deflector produces the thrust. The jet thruster is the 
simplest and least expensive thruster, but has a lower 
efficiency than tunnel thrusters. 

A four-duct jet thruster arrangement is shown in Fig. 
37. This equipment uses a deflector to direct the flow 
through one or two of the four ducts, which are at 90 
deg to each other, and the reaction force on the deflector 
produces the thrust. A 360-deg thrust vectoring capability 
is thereby provided. The nominal thrust for such a system 
is approximately 20 lb per hp. It is not possible to produce 
an equal thrust throughout 360 deg because of differing 
flow conditions in the four ducts and the summing of the 
four vector components. There is also a loss of 10 to 15^ 
compared with the discharge through a single duct. 

Jet thrusters with 360-deg thrust vectoring capability 
offer some additional benefits. They can be used to 
shorten stopping distance by directing the thrust forward 
or counter to the ship's movement. This is particularly 
important on large river vessels or tows when moving 



Fig 38 Thrust device that can be towered and rotated 360 deg to de- 
velop thrust in any direction 


downstream. They can also provide an independent take- 
home” capability if the main propulsion system is inopera- 
ble. For a discussion of the relative merits of the various 
jet thruster arrangements, particularly for large river and 
inland vessels, see reference 29. 

With jet thrusters, it is very important to have an opti- 
mal water intake and deflector system in order to mini- 
mize the drag. When designing a jet thruster, there are 
several important considerations: 

■ The intake opening should be faired to create a uni- 
form flow to the propeller. There should be a grid 
mounted in the inlet duct to keep out debris. 

* The discharge openings should be faired to reduce 

drag. „ , 

. Enough height should be provided for the removal 
of the thruster for repair or changing the propeller 
if the unit is suitable for servicing from inside the 
vessel. 

5,4 Trainable Thruster*. An azirau thing or rotatable 
thruster is a thrust unit that usually can rotate through 
360 deg; however, they are also designed in the form of 
rudder propellers or “Z”-drives. A comprehensive discus- 
sion of rotatable thrusters is contained in reference 26. 

In the thruster design shown in Fig. 38, the propeller 
and drive shaft are lowered and raised as a unit, The 
mechanism that trains the propeller also moves up and 
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Fig. 39 Cycloidal propeller 


down with the rest of the machinery. The propeller is 
mounted in a protective ring or nozzle, which is designed 
to improve its thrust. A closure plate is welded to the 
bottom of the protective ring, requiring that the unit be 
properly aligned when it is retracted. The closure plate 
provides a reasonably smooth hull surface. One use for 
this type of thruster is for station-keeping on survey ships 
when it is often necessary for the ship to remain in position 
over a particular spot while bottom samples or cores are 
being taken. 

Installation is difficult and the cost is high for retract- 
able thrusters. Because they are lowered under the ship's 
hull, these thrusters are also very vulnerable to damage 
due to grounding and debris, and, therefore, a protective 


cage should be mounted around the unit. The ship ar- 
rangement should provide enough height to allow the unit 
to be pulled up for servicing. 

Very large rotatable propulsion thrusters, up to 7000 
hp, have been used for a variety of applications. Many of 
these applications are discussed in reference 30. It should 
be noted that a vessel driven by a rotatable thruster must 
have inherent directional stability in order to be steerable. 
Also, when two or more rotatable thrusters are installed, 
the interaction between them, which will often reduce the 
net output thrust, must be considered. 

5.5 Cycloidal Propellers. A cycloidal, or vertical-axis, 
propeller consists of a rotating disk, mounted flush with 
the hull plating, that serves as a base for several vanes, or 
propulsor blades. Normally, the blades project vertically 
downward from the hull, although they could be at any 
angle, including horizontal, which could be the case for 
a submarine application. The Voith-Schneider propeller, 
shown in Fig. 39, is the most well known maneuvering 
propulsion system of this type. The power ratings of cy- 
cloidal propeller applications are in the general range of 
150 to 4000 hp. 

The vanes of a vertical-axis propeller can be pivoted 
about their own axes to produce thrust in any horizontal 
direction through 360 deg, and the thrust can be varied in 
magnitude. For applications such as tugboats, ferryboats 
and buoy tenders, the somewhat lower efficiency of a 
vertical-axis propeller, compared with a conventional 
fixed-pitch propeller, may be an acceptable trade-off for 
the improved maneuverability provided. Some vessels 
with vertical-axis propellers have one mounted at each 
end of the ship (e.g., double-ended ferryboats) for superior 
maneuverability. It is noted, however, that vertical-axis 
propellers are vulnerable to damage from debris and 
groundings. 

The blades of a cycloidal propeller rotate about a verti- 
cal axis, point “O” in Fig. 40, and are simultaneously 
pivoted about their respective axes. During a revolution 
of the propeller, each blade follows a cycloidal path, hence 
the name “cycloidal propeller.” 

The blades or vanes are normally turned about their own 
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axes in such a way that, at any point in the orbit, a line 
drawn perpendicular to the chord of the blade always pas- 
ses through the same point, called the “steering center’’ 
or “control point,” point “N” in Pig, 40. This point can be 
located anywhere within the orbit area to create a pitch that 
provides a variable direction and magnitude of the thrust. 
The position of the blades and the corresponding direction 
of the thrust, for a variable-pitch cycloidal propeller of the 
Voith-Schneider type, are shown in Fig. 40. 

Several variations of the so-called “true” cycloidal blade 
motion, described above, have evolved. Two of these are 
the sinusoidal blade motion and the amplified cycloidal 


blade motion, which require sophisticated blade-drive 
mechanisms. 

A description of the principles of operation and perform- 
ance of cycloidal propellers, as well as comparative effi- 
ciencies with screw propellers and some of the associated 
mechanical design considerations and trade-offs, is con- 
tained in reference 81. 

In evaluating the suitability of a cycloidal propeller, the 
marine engineer must consider the intended duty cycle, 
the need for superior maneuverability, the potential for 
damage frortl contamination by debris or grounding, and 
the influence on the hull design. 


Section 6 

Ship Roll Stabilization 


6.1 Introduction. Ship stabilization, particularly against 
rolling, is desirable to improve the comfort of the passen- 
gers and crew aboard passenger ships; to improve crew 
performance and safety; to facilitate helicopter operations 
and weapon system effectiveness on military ships; and 
to minimize cargo damage on commercial vessels. Roll 
stabilization is especially important on containerships 
where containers, mounted above deck, could come adrift 
as a result of severe ship's motions. Roll stabilization also 
often makes it possible to reduce slamming and pitching 
by assuming a heading with beam seas, which otherwise 
might produce unacceptable rolling motions. A reduction 
of the vessel's roll also leads to lower fuel consumption 
as the increase in ship's resistance due to rolling is mini- 
mized. 

The most common method of stabilizing vessels that 
normally operate at cruising speeds of 12 knots or more 
has been the use of active-fin stabilizers. A variation of 
active-fin stabilization uses programmed rudder motions, 
which are superimposed on autopilot controls, to obtain 
an effect that is, in some instances, equivalent to that of 
active fins without the need for additional appendages or 
separate and complex actuation and control systems. 

For vessels such as fishing boats, which often operate 
at speeds too slow for active-fin or rudder roll stabiliza- 
tion, passive systems, such as antiroll tanks or flume sta- 
bilization systems, are often used. Another method of 
reducing roll amplitudes is the use of bilge keels, which 
are fixed longitudinal plates located at the turn of the 
bilge, such that their drag dampens roll amplitudes. See 
references 7 and 32 for more details concerning bilge 
keels, which are only marginally effective. Movable- 
weight systems are an alternative means of reducing roil 
amplitudes and are discussed in reference 7. 

6.2 Active-Fin Stabilize™. 

a. General. Active- fin stabilizers are fin-type control 
surfaces, which are usually located just above the turn of 
the bilge near amidships, port and starboard. In a seaway, 
hydraulic tilting gear continuously varies the angle of 
attack of the fins, using an automatic control system that 


is sensitive to the roll motion of the ship, so as to produce 
heeling moments that reduce the ship’s tendency to roll. 
A description of U.S. Navy practices in the application 
of active-fin stabilizers is contained in reference 33. The 
theory is covered in references 32 and 34, 

Active-fin stabilizers require ship forward motion in 
order to develop lift, and the lift developed increases with 
the ship speed squared. In practical terms, this speed de- 
pendency limits the application of active-fin stabilizers to 
ship speeds above 10 to 12 knots. Below that speed range, 
the required fin size becomes too large, and other devices 
(e.g,, antiroll tanks) become more advantageous [7,32,35]. 

b. Simplified calculation of stabilizing moment and 
number of units. The determination of the percentage 
of stabilization appropriate in a specific case and the de- 
sign of the automatic controls entail complex analyses. 
However, the required fin size and tilting- gear machinery 
characteristics and location can be determined with suffi- 
cient accuracy using a simplified approach. With the sim- 
plified approach, it is assumed that a regular beam sea- 
way having a small surface wave slope and a wave period 
approximately equal to the ship's natural period can build 
up large roll angles. By designing fin stabilizers to coun- 
teract the wave slope heeling moments, it is possible to 
reduce the large roll angles. Figure 41 illustrates the con- 
cept for a ship with two symmetrical fins. 

The rolling moment induced by the seaway is expressed 
as follows: 

M e = 2240 A UM sin 0 (5) 

where 

M & = roll-induced moment, ftdb 
A = ship displacement, tons 
GM — metacentric height (distance between the ship's 
center of gravity, G and ship's metacenter, M) t 
ft 

0 = maximum design wave slope (for a wave height, 
h, and a wave length, 0 = sin -1 t rk/ k), deg 

The stabilizing moment developed by fin stabilizers is 
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M s — NaL (6) 

where 

fin stabilizing moment, ft-ib 
number of fins 

lever arm between resultant lift force and ship's 
center of gravity, ft 
lift force per fin, lb 

The lift force developed by each fin can be expressed in 
the conventional manner as: 


(7) 

where 

C L — a nondimensional lift coefficient. (Typical values 
of C L would be approximately 1.1 for nonarticu- 
lated fins and 1.4 for flapped fins. Figure 42 
defines the two types of fin surfaces. Reference 
7 outlines the procedure used to compute (7 L .) 

p = water mass density, lb-sec/ft 4 

A — area of one fin, ft 2 

V = water speed used in fin design, fps (using V k as 
the ship speed in knots: V — 1.69 F k ) 

If the stabilizing moment computed from equation (6) 
is equal to or greater than the induced rolling moment 
calculated from equation (5), an effective stabilization sys- 
tem is considered to be achieved. The key to this simplified 
method is the somewhat arbitrary selection of the seaway 
wave slope capacity, 0, and the associated ship speed F k . 
Experience has shown that stabilizers should be designed 
for wave slopes of about 4 or 5 deg. Lower values are 
reasonable for very large ships, and higher values may 


L = cJ^AV* 



f 



C*OS5 SECTION Of A NON -ARTICULATED 
FIN STABILIZE* 


(also KNOWN as a spade type 

Oft StNQLT ALL -MOVABLE STABILIZE*} 



O* DOUBLY ALL- MOVABLE STABILIZE*} 
Fig. 42 Common types of fio stabilizers 
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be used for small ships, since small ships are more likely 
to be subjected to roll excitation in a given seaway. 

The lowest ship speed, V k , at which a significant roll 
reduction is desired is usually taken to be approximately 
50 to 80% of full-power speed. This implicitly recognizes 
that ships in a heavy seaway are generally operated well 
below full power. 

In order to obtain a first approximation of the fin area 
required, the following expression may be used: 


290 A GM 
BNV 2 


(8) 


where B is the ship's beam in feet and all other terms 
are as preiiously defined. Equation (8) can be derived by 
combining equations (5), (6), and (7) with the tentative 
assumptions that 

$ — 5 deg 

C L = 1-2 

a = 56% of E 

The values of C L can later be refined and ranges of values 
for various types of fins at varying speeds are available 
for this purpose [7], The usual practice is to try N = 2 
and N = 4 f and then make a final decision as to the number 
of fins. Next, combinations of nonarticulated versus artic- 
ulated and nonretrac table versus retractable fins are in- 
vestigated in order to establish the preferred arrange- 
ment. Some of the considerations involved are discussed 
below. 

c. Location and type of units. The simplest machin- 
ery and most compact arrangement are obtained with 
nonretrac table units. On the other hand, the smallest fin 
area is obtained with high -aspect-ratio fins (e.g., fins with 
a span of at least twice the chord length) that are located 
in the ship at the position of maximum beam and located 
at an angle that slopes downward going outboard such 
that the fins have maximum leverage. The solution for the 
least fin area practically always involves fins projecting 
beyond the maximum beam dimension, thus requiring re- 
tractability or a compromise design with low-aspect-ratio 
fins. Additional considerations to be entertained when de- 
veloping the arrangements are: (i) in the rigged-out posi- 
tion, the fins should be several feet below the design 
heeled waterline (so as to minimize cavitation), and not 
immediately upstream of important sea chests (such as 
for main condensers); and (ii) the fin tilting gear should 
be in a compartment suitable for regular maintenance 
(e.g., an auxiliary machinery space), and preferably not 
adjoining prime sleeping quarters. These requirements 
often involve compromises and require the judgment of 
the naval architect and marine engineer to reconcile. 

In commercial practice, the compromises generally re- 
sult in one or two folding or retractable, articulated fins 
per side. The retractable feature permits locating the fins 
in the ship at positions of maximum beam, where there is 
favorable leverage. The articulated (doubly all-movable) 
fins require about 30% less planform area than nonarticu- 
lated fins and are, therefore, easier to retract. 

The U.S, Navy has used nonretractable units on several 
classes of frigates, some with articulated and some with 


nonarticulated fins. The midship section coefficient for 
these ships is relatively low, which means that the hull 
form sections are much more rounded than those of cargo 
ship hulls, and also their sonar domes extend several feet 
below the keel. Each fin axis is thus sloped well downward 
going outboard, and the fins do not protrude beyond the 
maximum beam or below the sonar dome navigational 
draft. For this type of installation, which is illustrated by 
Fig. 43, the tilting gear, fin, and hull insert plate can 
be readily furnished as one unit with a factory -sea led 
hydraulic system. The fin unit shown is installed with the 
fin sloped 55 deg downward going outboard, and it has a 
span of 8 ft with a chord of 4 ft (leading chord of 3 ft and 
trailing flap of 1 ft). 

d. Fin tilting gear. The fin shafts of virtually all 
successful installations are tilted by hydraulic power, 
which is well suited to the requirements for rapid reversal. 
The tilting gear is generally similar to an electrohydraulic 
steering gear, such as described earlier in Section 2. Oscil- 
lating cylinder, Rapson-slide, and vane-type rotary-actua- 
tor installations are used. They are actuated by variable- 
delivery pumps with their flow direction ordered by the 
automatic control signal. Some of the significant differ- 
ences from steering gear practice are (a) There is usually 
only one power unit per fin shaft, since stabilization is not 
as critical a function as steering, and even if one unit fails, 
there is another on the other side of the ship; (b) Whereas 
steering gears are not required to perform high-speed, 
hard-over rudder maneuvers for extended periods, the 
tilting gear may be heavily loaded for many hours of 
continuous operation, hence requiring appropriate motor 
ratings and system coolers; (c) Where retractable fins are 
used, the stowing and rigging mechanisms, interlocks, 
and indicators have to be provided; (d) Fin angular rates 
are significantly greater than rudder rates: the minimum 
time for '‘hard-over to hard-over” fin angles is typically 
specified as no more than one-sixth the natural ship roll 
period [33]; and (e) The rapid reversal of fin angles re- 
quires added torque to overcome the mass inertia of the 
mechanism. 

The fins themselves are normally fitted with high- 
strength steel stocks or shafts to minimize the bearing 
diameter. Bearings should be of the antifriction type, 
whenever possible, to reduce power requirements. Great 
care must be taken, however, to protect antifriction bear- 
ings from seawater exposure as they can easily become 
corroded. Fin shafts should be sleeved with a suitable 
corrosion -resistant material in way of sliding-surface, 
sleeve, or stave bearings. 

As with any hydraulic system, hydraulic fluid cleanli- 
ness is extremely important and properly sized, easily 
maintained or replaced filters and strainers should be 
used in fin-stabilizer actuator hydraulic systems. Ram and 
piston surfaces must be smooth to avoid damage to the 
packing, and should be well protected from damage and 
dirt. The hydraulic pumps must be adequately protected 
from cavitation and the hydraulic system should be fitted 
with suitable pressure, vacuum, and temperature gages 
and fluid sampling connections to facilitate proper preven- 
tive maintenance and troubleshooting. 
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Fig. 43 Nonretractable articulated fin unit, port side, looking Forward 


Because fin-actuating systems are often located in 
cramped, hard-to-get-to spaces, high priority should be 
given to designing for high reliability, ease of changing 
filters, and minimum maintenance requirements. 

e. Automatic controls for fin stabilizers* Human 
control of fin angles is not feasible. This is because the 
roll response of a ship in a seaway is at such a high 
frequency that the fin angles must be varied continuously 
and rapidly. Automatic controls have proved to be reliable 
and efficient. Essentially, the control system senses the 
instantaneous ship's roll motion, uses a derived equation 
of roll to compute the optimum fin angle, and orders fin 
angles at the proper phase relationship to achieve fin lift 
and corrective righting moments, which are subtracted 
from the roll moment generated by the waves, thereby 
reducing the roll motion of the ship [32]. 

The controller requires inputs representing the roll 
angle, roll velocity, and roll acceleration. Two of th^se" 
values are normally measured and the third derived. The 
three values are added together to determine the required 
fin action. The fin servo orders fin angle, and the actual 
fin angle is measured to get the closed-loop feedback. 

In typical shipboard systems, the roll angle is measured 
hy a gyro or athwartship accelerometer device, the roll 
velocity is measured by a rate gyro or by differentiating 
the roll angle, and the roll acceleration is measured by 
angular accelerometers. Fin stabilizer control systems are 
microprocessor based and use an electrohydraulic servo 
valve and a fin angle transducer. This allows the use of 
sophisticated control systems with simple, reliable control 
components. 

Good design practice dictates locating the control sys- 
tem in an accessible, dry environment away from other 
equipment that could cause heat, corrosion, or electrical 
interference problems. 

In most cases, the automatic controls are designed sim- 
ply to reduce the roll angle. Several variations, however, 
may be considered, such as stabilizing to the apparent 
vertical (for improved passenger comfort in sway-heel 
coupling) or accepting only limited roll angle stabilization 


in order to reduce high-frequency roll angular acceler- 
ation. 

Most automatic fin controls are not designed to correct 
steady heel from ship's loading or wind, but rather to 
stabilize around the mean heeled angle. This is done to 
conserve the limited fin stabilizing moments for correct- 
ing the oscillatory roll variations. 

Another feature in many designs is the automatic angle 
or fin lift limiter. This is a consequence of having fins that 
develop full rated lift several knots below full-power ship 
speed. At the higher ship speeds, the lift and torque, which 
are proportional to the ship's speed squared, might be 
excessive and not really needed. Lift is limited to safe 
values by a fin angle limiter, which is either in the fin lift 
control circuit, if such is installed, or in the fin angle servo 
circuit, using the ship speed as input. 

6,3 Rudder Roll Stabilization* The concept of using 
the steering gear and rudder for the purpose of stabilizing 
a vessel against rolling was introduced by Cowley and 
Lambert [36], and the first sea trials to prove the concept 
were performed in the United Kingdom with simple con- 
trol systems [37,88,39]. Since then, however, the develop- 
ment of rudder roll stabilization systems has progressed 
in many countries, including the United States [40,41,42], 
Sweden, [43,44,45], Holland, [46,47], and Denmark [48]. 
Ships ranging in size from small patrol boats and cutters 
to destroyers and large ferries have subsequently been 
equipped with rudder roll stabilization systems. The tech- 
nique can be considered well proven on vessels that have 
rudders with the capability of imposing a sufficiently 
large roll moment on the hull 
In general terms, a rudder roll stabilization system is 
an adaptive control system that uses the existing steering 
gear and rudder. Thus, it is simple to install both on new 
ships and as a retrofit on existing vessels, and the space 
requirement is negligible. The increase in weight and the 
influence on ship resistance are also negligible. 

A block diagram of a typical system with an integral 
autopilot is shown in Fig. 44. The course and speed signals 
are taken, respectively, from the ship's course gyro and 
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Rudder roll stabilization system block diagram 


speed log. Both the rudder position and the position of 
the helmsman’s wheel are also obtained so that the roll 
damping function can be provided while the ship is being 
steered manually. Many of the filters and controllers are 
normally of the* adaptive type in order to accommodate 
varying sea and wind conditions. 

The operating principle of rudder roll stabilization is 
based on the concept of opposing the roll moment created 
by the waves with an induced roll moment developed by 
the movement of the rudder, thereby damping the ship’s 
roll motions. Figure 45 shows the response of the ship 
during a turning circle. During phase 1, the rudder is 
displaced and the ship starts to roil in the direction of 
rudder displacement, that is, into the turn; however, dui- 
ing phase 1 the heading of the ship changes very little. 
During phase 2 of the turning circle, the heading of the 
ship begins to change significantly and the ship rolls to 
the opposite side, that is, out of the turn. The operating 
principle of the rudder roll stabilization system is to use 
the phase 1 sequence repeatedly as indicated by Fig, 46. 
By using the rudder to impose rolling moments on -the 
ship that oppose those created by the waves, the ship's 
roll motion can be effectively decreased, and the rudder 
forces used to effect this stabilization are of such short 
duration that the ship’s heading is not substantially af- 
fected. 

Many factors influence the roll damping efficiency that 
can be achieved by rudder roll stabilization on a specific 


ship. The more important factors are the ship speed and 
rudder rate, but the metacentric height, rudder type, rud- 
der area, and rudder position are also influencing factors. 
Sea trials of a mine layer (length 105 m, displacement 
3300 tonnes, and maximum rudder rate 8 deg/s) are illus- 
trated in Fig. 47 [44}. Sea trials of another application 
indicated reductions in rms roll motion of between 36% 
and 61% at medium speed and between 21% and 38% at 
high speed [48], Up to 40% reductions in the rms roll angle 
were frequently observed on a destroyer at various ships 
speeds in beam, quartering, and following seas and in 
various sea states up to sea state 5 [42]. 

When using a rudder roll stabilization system, the load 
on the steering gear and rudder will increase, especially 
for systems that require high rudder rates (in the order 
10 to 15 deg/s). Thus, it is important to consider the more 
rigorous duty cycles. However, steering gears are conven- 
tionally of rugged design, and there have been no signifi- 
cant indications of excessive wear or early failures due 
to rudder roll stabilization being back-fitted on existing 
steering gears that were not specifically designed for that 
purpose. 

When roll stabilization is used, the steering gear and 
rudder perform two functions, course-keeping and roll 
damping, and it is important to consider an integrated 
control system including both autopilot and rudder roll 
stabilization. In order to optimize both functions, some 
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Fig. 45 Rolf dynamics during a turn 


rudder roll stabilization systems have an integrated au- 
topilot function [44-48]. 
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Electrical Systems 


Section 1 
Introduction * 


1*1 Scope* The scope and extent of shipboard electri- 
cal systems are strictly a function of the size and mission 
of the ship. Shipboard electrical systems include an elec- 
tric power plant, lighting, interior communications and 
controls, exterior communications, navigation systems, 
and many other safety and mission-related electric/ elec- 
tronic support systems* The important aspects of electri- 
cal systems, from a marine engineer's perspective, are 
reviewed in the following sections* Naval combat and com- 
bat support systems are, however, too diversified to be 
comprehensively covered in this text. 

All ships have an electric powder plant similar to a land- 
based electric utility with the capacity ranging from a few T 
hundred kilowatts at the lower end of the scale up to 
40 MW for a nuclear aircraft carrier. Electric power is 
required for propulsion, propulsion system auxiliaries, 
deck machinery, illumination, heating, ventilation, air con- 
ditioning, stores and cargo refrigeration, galley, fresh wa- 
ter and sanitary systems, and safety and casualty control 
such as fire and bilge systems, fire detection and alarm 
systems, and remotely operated watertight and fire- 
screen doors. Pow r er must also be supplied for interior 
communication systems, controls, radio communications, 
radar, and other electronic aids to navigation and ship- 
board operation* 

For military ships, a significant amount of electric 
power is required by the mission-related payloads, such as 
the combat system (weapons, command, communications, 
control, electronic warfare and countermeasures, etc.), 
and combat support and supply systems* 

For passenger vessels, the electric powder requirements 
extend to hotel and recreation loads such as theaters, 
restaurants, and swimming pools* 

1.2 Requirements and Constraints* A majority of the 
requirements and constraints for shipboard electrical sys- 
tems are driven by the mission of the ship as determined 
and defined by the ship's owner/ operator. For U.S. mer- 
chant ships, marine electrical installations must comply 
with rules and regulations based on laws promulgated by 
the United States Government. The following is a listing 
of such rules and regulations. 

• United States Code of Federal Regulations (CFR), 
Title 46 Shipping, Subchapter J Electrical Engineering* 

* United States Coast Guard Instruction “COM- 
DTINST M 16672.2'’ — Navigation Rules, International- 
Inland. 


* United States Public Health Service, Publication 393 
“Handbook on Sanitation of Vessel Construction— Rat- 
proofing of ships*" 

* United States Code of Federal Regulations, Title 
47 — Telecommunications, Subchapter D — Safety and Spe- 
cial Radio Services, Part 80 — Stations in the Maritime 
Services. 

For foreign- flag vessels, marine electrical installations 
must comply with the rules and regulations based on laws 
promulgated by their flag administration* It should be 
noted that most of the requirements of the International 
Conference of Safety of Life at Sea (SOLAS) are incorpo- 
rated in Title 46 CFR listed above* Furthermore, the Inter- 
national Regulations for Preventing Collisions at Sea, 
1972 (72 COLREGS) developed through the International 
Maritime Organization (IMO) are covered by USCG COM- 
DTINST M16672.2. 

In addition to the rules and regulations imposed by law, 
compliance with other rules, regulations, standards, or 
practices is usually imposed by the specifications for the 
design and construction of particular ships, such as; 

* Rules and regulations of vessel classification socie- 
ties, such as: 

—American Bureau of Shipping, Rules for Building 
and Classing Steel Vessels 
— Lloyd’s Register of Shipping, Rules and Regula- 
tions for the Classification of Ships 
— Det norske Veritas, Rules for Classification, Steel 
Vessels 

The ship’s owner selects the cognizant classification soci- 
ety that promulgates regulations for the design and con- 
struction of ships and that becomes the basis for marine 
insurance coverage* 

* United States Coast Guard Publication “COM- 
DTPUB PI 6700. 4 — NVIC 2-89," Guide for Electrical In- 
stallations on Merchant Vessels and Mobile Offshore 
Drilling Units. 

* Institute of Electrical and Electronics Engineers 
(IEEE) Standard No* 45 — Recommended Practice for 
Electric Installations on Shipboard. 

* Suez Canal Authority Rules of Navigation* 

* Marine-Type Electric Lighting Fixtures UL595 pub- 
lished by Underwriters Laboratories, Inc. 

* Illumination Engineering Society (IES) Handbooks 
and Recommended Practices. 
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* For naval ships, there is a hierarchy of standards, 
which are promulgated by the U.S. Navy, such as: 

— Specific Ship Specifications 
— Military Specifications 
— Military Standards 

1.3 Design Documentation* The design documenta- 
tion prepared for electrical systems comprises specifica- 
tions, drawings, analyses, calculations, listings, and op- 
erating/ maintenance manuals* Examples are as follows: 

4 Specifications. 

— Ship (Contract) Specification 
— Purchase Specifications 

* Drawings prepared by the shipbuilder* 

— One-line diagram for the power system 
— Isometric cabling diagrams for power system 
feeders and mains 

— Isometric cabling diagrams for lighting system 
feeders and mains 

- — Elementary and isometric cabling diagrams for 
control, interior communication, and electronic 
systems 


— Deck plans (system diagrams) for power, light- 
ing, interior communication, and electronic 
systems 

— Wireway routing and installation drawings 
— Equipment arrangement drawings 
— Installation standards * 

* Listings prepared by the shipbuilder. 

— Power system list of feeders and mains 
— Lighting system list of feeders and mains 
— List of motors and controllers 
— List of connections 
—List of nameplates 

* Analyses and calculations prepared by the ship- 
builder* 

— Electric load analysis 

-Fault-current analysis and voltage-dip calcula- 
tions 

—Application and coordination of protective devices. 
— Voltage-drop calculations 

* Documentation supplied by equipment vendors* 

— Outline, assembly, and foundation drawings 
—Schematic and wiring diagrams 
—Operating and maintenance manuals* 


Section 2 
Power System 


2. 1 Overview* Electric power is vital to all shipboard 
operations and to the safety and comfort of the passen- 
gers and crew* For this reason, shipboard electric plants 
contain equipment necessary to maintain continuity of 
service* Since a vessel at sea is isolated from external 
sources of electric energy, standby ship-service generat- 
ing capacity, usually equal to the rating of the ship-service 
generators, may be provided. In addition, one or more 
sources of emergency power, which are designed to auto- 
matically assume load upon the loss of ship-service power, 
are provided to supply those loads that are necessary for 
the safety of life; the emergency source of power also has 
sufficient capacity to supply those loads vital to restoring 
the propulsion system and ship-service generators to ser- 
vice* Quick-starting diesel generators, storage batteries, 
or gas turbine generator sets are usually provided for 
emergency power. Emergency storage batteries are in- 
stalled on passenger vessels to provide temporary emer- 
gency power to certain vital loads until the emergency 
generator is up to speed and is brought on line to assume 
the emergency load. D-c to a-c conversion equipment may 
be used to operate a-c loads which are vital emergency 
loads. 

Extremely critical systems that cannot sustain even a 
momentary interruption of power without serious opera- 
tional or safety implications (such as computers) are fed 
from uninterruptable power supplies (also known as no- 
break power supplies). Uninterruptible power supplies are 
discussed in Section 3, They are used extensively on naval 
ships for obvious reasons and are becoming increasingly 


popular on merchant ships due to the application of auto- 
mation. 

For naval combatants and combat support ships, the 
electric plant is designed for a very high level of continuity 
and availability of electric power to all vital subsystems 
and equipment. Combat survivability is another major de- 
sign consideration, which requires that electric power be 
supplied to the undamaged portion of the ship after sus- 
taining major battle damage* 

On ships with electric propulsion, a combined electric 
power plant is often used to power both the propulsion 
motors and the ship's electric auxiliaries and services. 

All ships are provided with a shore power supply fea- 
ture, to receive power from shore when the ship is not 
operational. One or more suitably located shore power 
connection boxes are connected to one or more main 
switchboards through separate feeders and shore power 
circuit breakers on the switchboards. 

The basic configuration of the electric power plant 
(number of generators, switchboards, load centers, group 
control centers, etc.) and the selection of the system pa- 
rameters are a function of safety, economics, continuity 
of service, survivability, and other requirements dictated 
by the size and mission of the ship. On U.S* merchant ships 
that are self-propelled, the U.S. Coast Guard regulations 
require at least two electric generating sets* The electric 
load analysis is the means used by an experienced systems 
engineer to establish the overall power system configura- 
tion and features early on during the preliminary defini- 
tion of a new ship design. 


718 


MARINE engineering 


2 2 Load Analysis. The identification, tabulation, and 
summary of all electrical loads on a ship are compded by 
“Sc load analysis. This analysis is 
concept/ preliminary design at a high leve J’ 
quently developed and maintained to an ev ®^ ™ ‘, 0 J 

level of detail through detail design of the ship, 1 
analysis is structured to determine the aggregate power 
requirements of all the electric power-consuming equip- 
ment and devices under the various ship operating eondi 
tions such as at-anchor, in-port, maneuvering, at-sea, a 
battle for the purpose of establishing the maximum ■ 
Sum power requirements. The maximum powe, -sum- 
mary is required to establish the generating p Ant capaci y 
K3 plant configuration. The minimum po werjr 
auirement is of special importance when diesel engine 
prime movers are utilized. Excessive mai " t , e “ h I J 1 ^ ads 
required when diesel engines are operated at light 

Eor 

jbfs ^ worksheet of "a^ typical ^elecU’ic°load analysis. The 
average demand loads for each power-consuming piece of 
equipment are calculated by applying anticipated sen ice 
Sr, for each operating condition to the maximum kW 
Sg kW absorbed by the p«ce of 

^ServictTfactors eonaist of a load component and a cycle 
component. The load component is the ratio of th ® ^ 
foad when energized under a particular operating condi- 
tion (e g motor running at a lower speed, or pump op- 
erating below its rated delivery) to the maximum input 
rating^ of the load. The cycle component reflects the Per- 
centage of time a piece of equipment operates during he 
total time frame of an operating condition (e g., cy g 
compressor motor). Often a single service factor is used 
to represent both of these components. Equipment t 
is operated occasionally only under abnormal conditions 
(e g capstans and boat winches) is assumed to hav 
cycle/ service factor of zero. In most cases these sem 
factors are selected from an empirica da abase However 
in some cases the factors for major loads must be dete 
mined* analytically based on specific oparatmg « *£ 
Reference 1 outlines the content and methodol gj _ 
used for the electrical load analysis for naval surfa ^ 
ships. Reference 1 defines the operating conditions for 
analysis and tabulates typical load factors for a m 
array of loads. However, as the design progresses, these 
typical load factors are replaced with more-specific loa 
factors that reflect the anticipated load. Appendix 2 ot 
reference 2 includes typical operating load factors recom- 
mended bv the USCG for merchant ships. - 

A more sophisticated method of determining the electri- 
cal load involves the development of a timeline analys - 
of the cyclic power demands occurring throughout a par- 
ticular operating profile. The first, step in this approach i 
S tbf average load ot those services .bat «e 
expected to operate continuously or in a randomly mte 
nbttent manner. These loads represent the average 

baseload. 


A timeline analysis is then performed to determine the 
power demand versus time profile for the remaining ser- 
vices, which have large but predictable demand vanations^ 

The results of this analysis are then superimposed on the 
baseload in a composite graph to show the load distribu- 
tion over a time frame determined by the ship s operating 

P The maximum possible peak loads and ^ 
their occurrence over a period of time could be determined 
through operational simulation of the ship system an 
itosubsyJtems b, applying the Mont. Car to P'obaMdy 
technique. To date, however, such elaborate analyses 
have not been used since electric power plants are gener- 
ally designed with sufficient margin for future growth, 
K infrequent random peak loads SO unnoticed 
Occasionally the load analysis has been used as a tool 
for an electric load control program during the design 
development of a ship. An electric load control program 
uses techniques such as electric load budgeting margin 
Vontool aKd trend analysis similar to a weight control 

System Voltage and Frequency- Voltage and fre- 
quency are the primary electrical system design parame- 
?e 's a y nd their "selection is influenced by many factors. 
Limiting the practical options to the voltage and fre- 
ouencv ratings of components and equipment that are 
available for commercial and naval shipboard appi - 
the alternatives are either direct current or alternat 
bi°g current ateilber 50, 60, or 400 Hr; and the alternate 
voltages are 120/240, 480/450, 2400, or 4160 volts. 

Alternating-current plants. Alternating current 

has become the standard for most marine and ^£bawd 
electric power plants. A-c provides many significant ad 
vantages over d-c. e.g., less cost, weight and space re- 
quirements, less maintenance, better availability of eq p 
merit in the marketplace, and increased reliability. Ma y 
of these advantages are realized through the use of squm 
rel-cage induction motors as opposed to d-c motors, whic 
have commutators and associated brushes that are su 

frequency of 60 Hz has become the standard in the 
Western Hemisphere for a-c power systems; howevei^SO- 
Hz is predominantly used in Europe and other parte of 
the world. Shipboard electric plants throughout the wor 
p-ene rally use one of these standard frequencies. How- 
ever for some naval applications 400-Hz eiectnc power 
has made steady inroads. In communications, fire control, 
5S5SS** ordnance. and ^scmcca 400- 
Hz power has distinct advantages over 60-Hz power m 

toe low- and medium-power ranges because of weight and 

volume savings. This is the reason for the widespread 
adoption of a 400-Hz frequency for avionics, o^nance 
smoother aero space- related equipment. The production 
vohime for weapons and aerospace systems has made 
certain 400-Hz hardware competitive when compared wi 

e>»«ca, a r? - 

60 /400-Hz power conversion units for the supply of po 
to 400-Hz syztom. The steadily inareasmg 

demand for 400-Hs power for combat systems has often 
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raised the question of the possible advantages in using a 
400-Hz primary system for navai ship applications. Many 
studies comparing 400-Hz and 60-Hz systems have been 
performed. In general, the conclusions have been that for 
any ship with functional power requirements in excess of 
a few hundred kW, a 400-Hz primary system would be 
less cost effective, less reliable, and offer little savings in 
total weight and volume. However, the studies showed 
that 400-Hz power is cost effective for lighting, electron- 
ics, and small motors. 

The principal disadvantage with 400-Hz power is the 
high rotational speed of the power generators and electric 
motors. Both the cost and weight of 400-Hz diesel genera- 
tor sets are higher since they require a gearbox to provide 
the required generator speed, whereas a 60-Hz generator 
can be coupled directly to the diesel engine. A 400-Hz 
turbogenerator set would offer a weight reduction in that 
no gearing would be required, but any cost savings re- 
sulting from the elimination of gears may be offset by 
the higher cost of the high-speed 400-Hz generator. 

A 400-Hz motor, while offering a considerable weight 
savings, has a higher acquisition cost, resulting from the 
use of higher-strength materials and the requirement for 
closer manufacturing tolerances. Furthermore, gearing 
would be required in many cases to reduce the lower possi- 
ble motor speed to that required by the driven equipment, 
thereby adding to the cost and reducing or eliminating 
any potential weight savings. 

A 400-Hz lighting system has advantages in both 
weight and cost because of the higher efficiency of fluo- 
rescent lamps at higher frequencies. Conventional electric 
heating or any other purely resistive loads are insensitive 
to frequency. Cabling for 400-Hz power is heavier and 
more costly overall, since the cable reactance is approxi- 
mately proportional to frequency. The effect on weight 
and cost is negligible for smaller cables with a lower re- 
actance-to-resistance (X/R) ratio, but becomes significant 
as the power ratings, cable sizes, and X/R ratio increase. 
While 400-Hz transformers weigh less, they tend to cost 
more. 

A 120-volt, 3-phase, 3-wire a-c power plant that supplies 
the ship with 115-volt power is economical for small ves- 
sels that have few motor-driven auxiliaries. However, 120 
volts is the recognized standard voltage for all lighting 
and many of the communications and navigation systems 
as well as most of the plug-in appliances and tools, regard- 
less of the ship primary system voltage. But 230- or 240- 
volt, 3-phase, 3-wire systems or 208/ 120-volt, 3-phase, 4- 
wire systems may also be used on smaller ships and for 
refrigeration container distribution systems on container- 
ships, to provide 220-, 230-, or 208/ 115-volt power, »espec- 
tively, at the user terminals. However, in the Western 
Hemisphere 115- or 440/ 460-volt systems are normally 
selected because equipment for other voltages is not 
readily available. Hence a 450- or 480-volt, 3-phase, 3-wire 
primary system for 440- or 460-volt users, respectively, 
coupled with a stepped-down 120-volt, 3-phase, 3-wire sec- 
ondary system for lighting and other low-power applica- 
tions is the standard for most naval/marine applications. 


Formerly, 2500 kW was considered the upper practical 
limit for 450- or 480-volt, 3-phase shipboard generators 
because of design limitations on generators and 
switchgear (circuit breakers). However, switchgear has 
been developed for 480- or 460-volt, 3-phase generators of 
up to 4000-kW at 0.8 p.f. But there is also a maximum 
practical limit of three 2500-kW (or two 4000 kW), 480- 
or 450-volt, 3-phase generators that can be operated in 
parallel because of design limitations on switchgear (cir- 
cuit breater fault-current interrupting capacity). This lim- 
itation became a design constraint as the demand for elec- 
tric power on ships increased, particularly for large naval 
combatants and ships with large cargo-handling power 
requirements. Hence, whenever the maximum functional 
load on a ship exceeds 7500 kW, it may be more economical 
to select a primary system voltage of 2400 or 4160 volts, 
rather than adhering to a 450- or 480-volt system, and 
operating in a split-plant mode, with the ship’s electric 
power plant operating as two independent and separate 
power systems, each fed by three or fewer 2500-kW gen- 
erators. 

Wherever a 2400- or 4160-volt, 3-phase (high voltage) 
system is selected, fewer generators in excess of 2500 kW 
are used and motors in excess of 100 hp are designed 
to operate directly off the primary high-voltage system. 
Three-phase step-down transformers are used to supply 
the normal ship service loads at the standard lower 
voltages. 

On ships with electric propulsion, integrated high-volt- 
age generating plants are used to supply the propulsion 
motors and, through step-down transformers, the ship’s 
service power system as well. However, here too, large 
auxiliary motors are fed directly from the high-voltage 
switchboard. 

b. Direct-current electric plants. Direct-current 
power plants have been overtaken by a-c technology for 
the reasons noted above. Older-vintage shipboard d-c 
power plants are of either the 120- volt, 2- wire or 240/ 120- 
volt, 3-wire type. A 120-volt, 2-wire d-c generating plant 
was suitable for smaller vessels having only a few motor- 
driven auxiliaries; the generators were usually rated at 
75 kW or less. 240/ 120- volt, 3- wire d-c generating plants 
were commonly installed on larger ships. They provided 
for 230-volt, 2-wire distribution to power loads and 230/ 
115-volt, 3-wire distribution to lighting and other smaller 
loads. 

c. Tolerances. The voltage and frequency of electric 
systems are maintained within prescribed tolerances by 
speed governors on the generator set prime movers and 
voltage regulators within the excitation system of the 
generators as discussed in Section 3. For commercial 
ships, the tolerances are defined by the regulatory body 
requirements and are compatible with commercial stan- 
dards for electric power systems as well as user (power 
consuming) equipment. The electric power system charac- 
teristics and tolerances for naval ships are defined by 
reference 3, where the 60-Hz primary power system is 
defined as Type I. A 400-Hz secondary power system is 
required to meet the closer tolerances of Type II or Type 
III power. 
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The objective of the Navy is to develop 60-Hz-user 
equipment for Type I power exclusively. For 400-Hz sys- 
tems Type II power is the preferred norm; however, high 
quality Type III 400-Hz power is provided wherever dic- 
tated by highly sophisticated electronic equipment within 
the combat system. 

2.4 System Configuration. The primary electric power 
plant configuration is defined by the type, number, size, 
and location of the generator sets and associated switch- 
boards and bus ties. The requirements and constraints, 
which typically influence the electric power system con- 
figuration, are: 

• Type of fuel carried on the ship. 

• Type of propulsion plant. 

• Type of major nonelectric energy-consuming sup- 
port subsystems (such as auxiliary steam system). 

• Maximum functional load (derived from the electric 
load analysis). 

• Power margin for future growth. 

• Capability to carry the maximum functional load, 
including future growth margin with one ship-service gen- 
erator set inoperable. 

• Minimum of two or three ship-service generator sets 
on merchant ships or naval ships, respectively. 

• Minimum of one independent emergency generator 
set for the ship's most vital loads. [Naval ships with diesel- 
or gas-turbine-driven ship service generators do not re- 
quire emergency generator set(s) if at least one generator 
set is located so that it is separated from the others by a 
distance sufficient to survive flooding equal to the ship's 
damage criteria], 

• Segregation (functional and physical) of individual 
generator sets on naval ships to enhance survivability 
from battle damage. 

• Minimum availability of electric power as specified 
for naval combatants. 

• Space and weight constraints. 

• Economic constraints on first costs and operating 
costs. 

• Applicable Government requirements, which typi- 
cally influence the electric power system configuration. 

Alternative plant configurations may be considered for 
a given set of requirements and cons traints. Electric plant 
trade-off analyses may be performed independently or in 
conjunction with other subsystem trade-offs, such as the 
propulsion system trade-off, or a total integrated ship- 
board energy concept trade-off. Steamships generally in- 
corporate the total energy concept through the conversion 
of fossil fuel into steam in large boilers and the use of 
the steam as the energy medium for propulsion, electric 
power generation, heating, and other steam-driven auxil- 
iaries. Hence, on most ships the prime movers for the 
ship-service generator sets are selected to be of the same 
generic type as the propulsion engines, or at least to oper- 
ate on the same fuel. However, on some steamships, one 
oi the ship-service generator sets may be diesel driven 
to provide significantly more than just vital emergency 
electric power in case of a complete boiler outage. 


On some ships, one of the ship-service generators may 
be mechanically driven from an auxiliary power takeoff 
from the propulsion train. Ships with gas turbine propul- 
sion may use either a gas turbine, diesel engine, or steam 
turbine as a ship-service generator prime mover, with the 
steam turbine powered by a waste-heat boiler in the pro- 
pulsion gas turbine exhaust. When diesel engines or gas 
turbines are used as prime movers, the number of ship- 
service generator sets must be selected such that the units 
are not required to operate at light loads for long periods 
of time under any of the ship's operating conditions, be- 
cause of the resultant higher maintenance on diesei en- 
gines and the lower fuel efficiencies with both of these 
engine types. 

For special applications, multiple-unit generator sets 
may be used, each consisting of two generators driven by 
one prime mover. Applications such as these have been 
used on steamships, using a steam turbine as the prime 
mover. Conversely, high-speed diesel generator sets con- 
sisting of one generator driven by two prime movers, one 
at each end of the generator, may also be used. Such units 
are generally lower in weight than comparable lower- 
speed, single-engine generator sets. In addition, they of- 
fer the flexibility of declutching or decoupling one diesel 
engine at one end for repair or overhaul, while the re- 
maining portion of the generator set continues to operate 
at one half of its rated output. 

In genera], the generator sets and associated switch- 
boards are located within the same space and close to each 
other to minimize the cable runs between the generator 
and the generator switchboard. In some cases, the ship- 
service switchboards are located within the integrated 
enclosed machinery control station but still dose to the 
associated generator sets. 

Self-propelled merchant vessels are fitted with a mini- 
mum of two ship-service generator sets located in the 
engine room, plus a smaller diesel-driven emergency gen- 
erator set or storage batteries located outside the machin- 
ery space, above the freeboard deck, and aft of the colli- 
sion bulkhead. A contiguous boundary between any other 
machinery space and the emergency generator room is 
often avoided. 

On most merchant ships, all ship-service generators are 
located in the same compartment (machinery space) and 
are connected to a single ship-service switchboard. Under 
normal operating conditions, the emergency power sys- 
tem is fed from the ship-service switchboard via a bus tie 
circuit The emergency power system is designed such 
that upon a total loss of all ship-service power, the emer- 
gency generator set automatically starts up, the emer- 
gency switchboard is automatically isolated from the ship- 
service power system, and the emergency generator is 
connected to the emergency switchboard to supply the 
vital loads neeessary for the safety of the ship and to get 
the ship-service power system and the propulsion system 
back on line. Inherently, a loss of ship-service power re- 
sults in a 10- to 45-second blackout, the time required to 
start the emergency generator set and bring it on line. On 
some ships, such as passenger vessels, an automatically 
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Fig. 2 Typical electric plant configuration far a steam-propdled naval sur- 
face combatant 
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connected storage battery acts as a temporary power 
source to prevent the 10- to 45-second blackout. 

The power systems for passenger ships are similar to 
those for other merchant ships except that large passen- 
ger vessels, with more than one machinery space, usually 
have at least one ship-service generator set complete with 
associated auxiliaries and switchboard in each machinery 
space. On ships with multiple ship-service switchboards, 
they are interconnected through a bus tie circuit to allow 
for parallel, single-plant operation. Very large distributed 
electric plants with multiple switchboard/generator loca- 
tions may be set up in a ring-bus configuration for opti- 
mum operational flexibility, and maximum continuity and 
availability of ship-service power under a single casualty 
mode. 

Passenger ships are provided with a more complex two- 
tier emergency power system, consisting of a temporary 
and a final emergency power source and associated 
switching arrangements. Temporary emergency power is 
supplied from storage batteries combined with a-c to d-e 
conversion equipment to provide instantaneous emer- 
gency power to the most critical vital loads required for 
the safety of life. The temporary emergency power sys- 
tem is intended to bridge the 10 to 45 seconds required to 
bring the final emergency power source on line and, 
hence, to avoid a total blackout of such duration. The 
final emergency power system functions the same as the 
emergency power system on a merchant ship. Once the 
emergency generator is on line, the temporary emergency 
loads are automatically transferred to the final emer- 
gency power source (emergency generator) through auto- 
matic bus transfer equipment. 

Electric plant configurations are more complex on naval 
combatants because of mission and combat survivability 
considerations. Naval combatants require at least three 


Fig. 3 Alternative approaches to fault-current protection of electric power 

system* 


ship-service generator sets, which are sized and config- 
ured such that: 

* the electric plant can assume the maximum mission 
(battle) load upon loss of one ship service generator set, 
and 

* upon sustaining the loss of one machinery space 
through major battle damage, the electric plant can as- 
sume the necessary load so that the ship can continue 
operations with the undamaged portions of the propulsion 
plant and combat system. 

Naval steamships have independent emergency power 
systems that are similar to merchant ships. Naval ships 
with gas turbine or diesel propulsion may not have an 
emergency power system that is totally independent from 
the ship-service power system, as long as at least one of 
the three or more diesel or gas turbine driven ship-ser- 
vice/emergency generator sets is located such that it is 
separated from the others by a distance sufficient to sur- 
vive flooding equal to the ship's damage criteria. 

Figure 1 shows the electric plant configuration of a gas 
turbine- or diesel-propelled surface combatant; it consists 
of three gas turbine or diesel-driven ship-service/ emer- 
gency generator sets that are physically segregated 
throughout the ship and interconnected through a ring- 
bus configuration. With the generator sets properly sized, 
the system as configured in Fig. 1 satisfies all require- 
ments. By comparison, Fig, 2 shows an electric plant con- 
figuration of a traditional older steam-propelled surface 
combatant, which includes four steam turbine generator 
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Fig. 4 Circuit-breaker coordination curve* 


sets, and two emergency diesel generator sets fore and 
aft. An electric plant using only three steam turbine gen- 
erator sets would be neither feasible nor compliant for 
the following reasons: 

* A physical separation of the three steam turbine 
generator sets, similar to the configuration shown by Fig. 
1, is not feasible because of the long steam lines that 
would be required, 

• Locating two of three steam turbine generator sets 
in one main machinery space would violate the vulnerabil- 
ity requirement, since a single casualty could incapacitate 
2/3 of the plant capacity, limiting severely the ship's oper- 
ational capability. 

2,5 System Protection. The protection of the electric 
power system from fault currents and overloads, as re- 
quired to ensure that a reliable, safe, and continuous ser- 
vice of powder is provided, is a major design consideration. 
The total capacity of generators operating in parallel is 
limited to about 7500-8000 kW at 450 or 480 volts, due to 
the fault-current limitations of the switchgear and circuit 
breakers. Hence, the maximum available fault current on 
the bus of the main switchboard is one of the factors to 
be considered in the selection of the primary system volt- 
age and plant configuration for large power plants. 

The maximum available fault-current capacity of an 
electric power system is a function of the generator char- 
acteristics, such as the sub transient reactance. The higher 


the subtransient reactance, the lower the initial fault cur- 
rent. However, a high subtransient reactance and a conse- 
quently high transient reactance result in larger voltage 
dips upon starting of large motors, as discussed in Section 
6. As a result, a compromise must be reached in the selec- 
tion of the generator characteristics to balance the fault 
currents against the voltage dips. Furthermore, there are 
practical upper limitations to the subtransient/ transient 
reactance values of generators for a number of reasons. 

After the basic framework of the electrical power distri- 
bution system has been laid out, a fault-current analysis 
must be conducted to determine the maximum available 
fault currents at the various distribution points (switch- 
boards, load centers, panelboards, etc.) of the system. The 
results of this analysis are then used to select the type of 
circuit breakers or fuses to be used at each location. The 
commonly used procedures when making fault-current 
calculations are described in references 2 and 4. 

System protection against fault currents can be accom- 
plished by providing either fully rated selective protection 
or cascaded (backup) protection. A fully rated selective 
protection scheme requires each circuit breaker to have 
sufficient interrupting capacity to clear the maximum 
available fault current at its point of application before 
the nearest circuit breaker upstream trips off the line. 
In a cascaded protection scheme, the maximum available 
fault current may exceed the interrupting capacity of cer- 
tain branch circuit breakers so that a larger breaker or 
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fuse further upstream in the distribution system clears 
the fault in a backup mode. 

Fully rated selective protection is preferred since a fault 
current within any branch of the distribution system will 
result in the loss of that particular branch only, whereas 
a fault within any branch of a cascaded system may result 
in the loss of power to a number of other branches fed by 
the same backup circuit breaker. Figure 3 illustrates the 
difference between the two schemes, and Fig. 4 shows the 
coordination between the tripping characteristics of up to 


five circuit breakers in series within a typical electric 
power system. The application and coordination of protec- 
tive devices for an electric power system are discussed in 
considerable detail in reference 5. 

The dynamic stability of electric power systems under 
fault conditions has not been a problem on shipboard appli- 
cations due to the relatively low impedances of the power 
cables between individual generators, and due also to the 
high-speed interruption of most fault currents by molded 
case circuit breakers or fuses within one-half cycle. 


Section 3 

Power Sources and Conversion 


3.1 Generator Set*. Generator sets are normally com- 
pletely packaged with all or most of the major components 
and auxiliaries! such as the prime mover, reduction gear 
(if required), generator, exciter, control panel, lubricating 
oil system, and cooling water system, factory assembled 
on a common bedplate, Detailed discussions concerning 
the candidate prime movers for generator sets, such as 
diesel engines, gas turbines, and steam turbines, can be 
found in Chapters 3, 4, and 6; therefore, discussions here 
are confined to considerations regarding their applica- 
tions as prime movers for shipboard generator sets. 

a* Steam turbine generators. Steam turbine prime 
movers have been designed for shipboard generator set 
applications, from a few hundred to a few thousand horse- 
power, and are of a mature and proven technology with 
an excellent service history. They are of the horizontal, 
multistage, axial-flow, impulse type complete with the 
following auxiliary subsystems and devices: 

• Interconnecting piping and wiring ready for con- 
necting to shipboard piping and cabling. 

* Steam supply strainer to protect the turbine. The 
strainer may be integral with the combined trip and throt- 
tle valve. 

• Steam governing valve assembly. 

• Combined trip and throttle valve that is held open 
by lubricating oil pressure such that the loss of oil pres- 
sure will automatically shut off steam to the turbine; it. is 
also used to admit steam gradually by hand when starting 
up a set. 

* Steam sealing manifold for pressurizing the turbine 
shaft packing to prevent an entrance of air into the tur- 
bine; also piping and valves for drainage of steam leakage 
through the packing. 

* High exhaust back-pressure trip device, which will 
relieve oil pressure from the throttle trip valve to shut 
down the turbine. 

* Automatic atmospheric relief valve that exhausts to 
the atmosphere in case a high exhaust back pressure oc- 
curs in the turbine casing due to a condenser malfunction. 

• Sentinel valve for sounding an alarm before the au- 
tomatic atmospheric relief valve functions. 


* Overspeed governor independent of the constant- 
speed governor, which upon overspeed of over 15% will 
relieve oil pressure from the throttle trip valve to shut 
down the turbine. 

* Interlock switch for energizing the generator cir- 
cuit-breaker tripping device, to disconnect the generator 
from the switchboard in case the throttle valve trips 
dosed. 

* Condensate system. The condenser may be pack- 
aged (hung) or separately mounted by the shipbuilder. A 
motor-driven condensate pump and a condenser circulat- 
ing water pump are generally provided for each turbine 
exhaust condenser. These pumps are normally provided 
by the shipbuilder but may be furnished with the turbine 
generator. Pipe connections may be made so that, during 
emergencies, the generator turbine exhaust can flow to 
the main propulsion turbine condenser. The generator tur- 
bine condenser may be arranged to receive exhaust from 
auxiliaries when the ship is at anchor. 

* Self-contained lubricating-oil system. A gear-driven 
oil pump supplies oil to the turbine, reduction gear, and 
generator bearings, and also to the constant-speed gover- 
nor, trip throttle valve, high exhaust back-pressure trip 
device, and overspeed governor. The pump takes suction 
from the reservoir and discharges through a magnetic 
duplex-type strainer and a tube -type or pi ate- type cooler. 
Oil coolers are generally provided with zinc anodes or 
impressed current cathodic protection on the seawater 
side to minimize corrosion. The cooling-water pressure 
must be maintained lower than the oil pressure to avoid 
seawater contamination of the oil in the event of a cooler 
tube failure. A hand-operated lubricating-oil pump may 
be provided for use during start-up and maintenance. Gen- 
erally, the lubricating system also includes an electric 
motor-driven pump, which is started automatically by a 
pressure switch upon failure of the turbine-driven pump; 
this pump may also be used during start-up and shutdown 
operations. When specified, the lubricating system con- 
tains switches for low oil pressure and high oil tempera- 
ture alarms. 

» Rotor-turning gear, either manually or power oper- 
ated, for use during maintenance. 

* Electro-hydraulic load-sensing speed governor. 
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• Speed adjusting device with local manual adjust- 
ment and electric motor or potentiometer for remote syn- 
chronization of the generator sets. 

• Local control provisions and gageboard. These 
should include pressure gages for the inlet steam, gland 
sealing steam, bearing oil, and oil pump and thermometers 
for oil to and from the cooler. The gageboard and control 
devices for speed adjustment, throttle trip, hand oil pump, 
gland seal steam, hand shutdown trip, tachometer, and oil 
cooler water regulator should be located so that one per- 
son can start, operate, and secure the set 

• Automation features. Monitoring and control de- 
vices necessary for remote/manua] or automatic start-up, 
operation, and shutdown of the turbine-generator set may 
also be incorporated in the unit. 

The reduction gear is normally of the single-reduction, 
single-helical type with the pinion and low-speed gear 
shafts supported by two bearings. The low-speed shaft is 
generally flexibly coupled to the generator shaft. 

b. Diesel generators. Because of the relatively low 
speed of diesel engines, diesel-generator sets are apprecia- 
bly larger and heavier than turbine-generator sets. Sets 
rated below about 1000 kW operate at speeds up to 1800 
rpm. Above that, most sets are designed for 1200 rpm or 
less. Also, because of the low speed, the generator is 
coupled directly to the engine. The generator may be of 
the two-bearing type with the rotor flexibly coupled to the 
engine crankshaft or may have a front bearing only with 
the rear shaft end coupled rigidly to and supported by 
the diesel engine crankshaft. Generator bearings may be 
integral with the generator end brackets or supported 
separately by pedestals. If a rotating exciter is used, the 
armature is overhung on the generator front shaft ex- 
tension. 

Two- and four-cycle engines are used for marine electric 
plants. Four-cycle engines tend to be heavier and costlier 
but more efficient than two-cycle engines. Two-cycle en- 
gines are generally equipped with attached positive-dis- 
placement blowers to supply scavenging air to expel gases 
from the cylinder at the end of the exhaust stroke. In 
addition, both two- and four-cycle engines may be 
equipped with turbochargers (driven by gears, exhaust- 
gas turbines, or a combination of both) to increase the 
engine output and provide improved fuel economy. Most 
marine engines are turbocharged to reduce their size and 
weight. 

It is important that provisions be made for sufficient 
combustion air, either by running air ducts from the out- 
side directly to the engine air intake, or by means of the 
machinery space ventilation system. The combustion air 
supply system must be designed so that the pressure drop 
from the outside atmosphere to the engine will not exceed 
approximately 6 in. of water to obtain satisfactory engine 
performance. For the same reason the exhaust-gas pipe 
or duct from the muffler to the atmosphere should be 
sized to produce a back pressure at the muffler outlet of 
not more than 10 to 16 in. of water. 

A complete marine engine includes the following 
attached and unattached auxiliaries; 


* Fuel control system consisting of an engine-driven 
fuel pump, duplex filter, suction strainer, and injector 
control lever for manual starting, stopping, and emer- 
gency speed control. 

* Lubricating oil system consisting of an engine- 
driven oil pump, full-flow filter with bypass relief valve, 
strainer with relief valve, and cooler with bypass relief 
valve. When dry-sump engines are used, the lubricating 
system includes a scavenging pump with suction strainer 
and by-pass relief valve. Some engines require a manual 
or power-driven prelube pump, 

* Freshwater systems for larger diesel-generator sets 
consisting of an expansion tank, engine-driven water 
pump (some engines may have two pumps) seawater heat 
exchanger, and automatic water temperature regulator. 
Smaller engines (particularly for emergency generator 
sets) generally have a radiator and fan for freshwater 
cooling. 

* Exhaust system consisting of a dry, spark-arresting 
type muffler and water-cooled or insulated exhaust 
header. For larger generator sets, the engine is usually 
equipped with an exhaust temperature indicating system 
consisting of a set of thermocouples or remote tempera- 
ture detectors (RTDs)for local as well as remote tempera- 
ture indication. One thermocouple is installed in the ex- 
haust of each cylinder. 

* Starting system, which may be either pneumatic, 
hydraulic or electric, consisting of a starting motor (two 
motors may be necessary to accelerate large engines) or 
air distributor for sequential admission of air to the engine 
cylinders, strainer, and air control valve. A solenoid-oper- 
ated valve may be provided for remote engine starting. 
Starting air systems are generally designed to operate at 
pressures of 125 to 450 psi. Starting air tanks and air 
compressors are normally furnished by the shipbuilder. 
Diesel generators rated at 500 kW or less generally use 
either an electric or hydraulic starting system. Sufficient 
capacity for at least ten successive starts, beginning with 
a cold engine, is provided with either method. Either a 
centrifugal or pressure-operated device is provided to pre- 
vent inadvertent attempts to initiate cranking after the 
engine has started. This device or a solenoid-operated 
valve is used to automatically stop cranking after the 
engine has started. Also, means are provided to prevent 
unintended starting during maintenance of the set: for 
electrically started engines, a disconnect switch is pro- 
vided in the starting circuit; for hydraulically and pneu- 
matically started engines, a cutoff valve is provided in the 
associated piping system. 

» Air intake filter-silencer. 

■ Electro-hydraulic load-sensing speed governor. 

* Speed adjusting device with local manual adjust- 
ment and an electric motor or potentiometer for remote 
synchronizing of the sets. 

* Overspeed trip device, which upon overspeed of over 
15% will close the fuel racks or combustion air supply to 
shut down the engine. 

* An interlock switch for actuating the generator cir- 
cuit-breaker tripping device to disconnect the generator 
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from the switchboard bus when the engine is shut down 
due to overspeed. 

■ Local control and gageboard including, as a mini- 
mum: pressure gages for the freshwater and seawater 
pump discharges, fuel oil and lubricating oil filter inlets 
and outlets, lubricating oil strainer inlet and outlet, scav- 
enging air, and starting air; thermometers for the fresh 
water and lubricating oil; temperature indicators for ex- 
haust temperature; start-stop control; and alarms, 

• Manual engine- turning gear, with an interlock, for 
turning small engines or a powered (pneumatic or electric) 
turning gear, with an interlock, for turning large engines. 

• In addition to the aforementioned equipment, turbo- 
charged engines are equipped with a scavenging turbo- 
charger and turbocharger air intake cooler, 

• Tube- or plate-type coolers for cooling the lubricat- 
ing oil and fresh water for larger diesel generator sets. 
Seawater is used as the cooling medium in the freshwater 
cooler and fresh water is used as the cooling medium in 
the lubricating oil cooler. 

c. Gas turbine generators. Gas turbine-driven gen- 
erator sets are available for ship-service or emergency 
power. Gas turbines are smaller than comparable steam 
turbines or diesel engines. The high-frequency noise of 
gas turbines is easier to control and attenuate than the 
low-frequency noise of diesel engines, particularly as far 
as struetureborne noise is concerned. Hence, gas turbines 
offer considerable advantages over diesel engines from 
space and noise perspectives, particularly for naval ships 
where these features can be of major importance. One 
disadvantage of gas turbine drivers, however, is the large 
exhaust gas ducting area required, which could affect the 
size of the stack. 

d. Emergency generator sets. Emergency genera- 
tors provide a power source independent of any other 
equipment on the vessel and are usually either diesel or 
gas turbine driven. The characteristics of diesel engine 
and gas turbine prime movers previously described apply 
equally to emergency sets, except as noted in the follow- 
ing. On commercial vessels each diesel engine is equipped 
with a self-contained cooling system requiring a radiator 
and fan. If ventilation ducts are installed to and from the 
engine radiator, the radiator fan must develop enough 
head to force the cooling air through the ducts. Motor- 
operated louvers are generally installed in supply and 
exhaust duct terminals, which are exposed to the weather. 
The vent motors are energized from the generator side of 
the generator circuit breaker to insure that the louvers 
are open when the diesel engine is in operation. Naval 
ships use direct seawater-cooled generators. Emergency 
generator units are arranged to shut down automatically 
upon a loss of lubricating oil pressure, dangerous 
overspeeding, or release of carbon dioxide in the enter* 
gency generator room. An audible alarm is provided that 
will sound in the event of a low oil pressure or high cool- 
ing-water temperature. 

Engines are generally arranged to start automatically 
upon the failure of ship-service power. If battery started, 
a voltage-sensitive relay with contacts that close when the 
ship-service power fails is used to energize the control 


circuits of the starting motor; if hydraulically started, 
a loss of ship service power will deenergize a solenoid- 
operated valve to initiate the starting process. In either 
case means must be provided for automatically rendering 
the starting devices inoperative after the engine has at- 
tained firing speed. Devices for manual starting control 
are required with each type of starting equipment for test 
purposes- 

Emergency generators are generally not required to 
operate in parallel with the ship-service generators, ex- 
cept wheA a dosed transition transfer with the ship-ser- 
vice generators is desired (to prevent power outage when 
transferring power sources). An automatic voltage regu- 
lator should be provided with each emergency generator. 
The emergency generator should be of sufficient capacity 
to permit “cold” starting of the ship's main power plant. 

e. Speed governors. Speed governors for marine 
generator sets are of the electro-hydraulic type, and are 
designed for parallel operation of generator sets. Earlier 
designs were electro-hydraulic or mechanical governors 
that operated in the “droop” mode, allowing a change or 
drop in speed and frequency from no-load to maximum 
load. The design of more recent governor systems with 
electronic controls provide an “isochronous” mode in addi- 
tion to the backup droop mode. For the isochronous mode, 
the governors maintain the speed and hence frequency 
within very close tolerances between no-load and maxi- 
mum load. The control circuits of the electronic governors 
of generator sets operating in parallel are interconnected 
to provide automatic, close-tolerance “real” load (k.W) 
sharing between the units. Real load (kW) sharing be- 
tween parallel units operating in the droop governor mode 
is also inherently automatic although to wider tolerances, 
provided the governors and prime movers of the parallel 
units have the same droop characteristics. Generator sets 
operating in the governor “droop” mode need to be period- 
ically adjusted to maintain the rated frequency and even 
load sharing between units in a fluctuating-load envi- 
ronment 

f, Generators. All generators are of the rotating- 
field type. Turbine-driven high-speed (3000 rpm) rotors 
may be of the unipole (cylindrical rotor) construction 
whereas at speeds of 1800 rpm and below they are of the 
salient-pole type. Stator windings may be either delta- or 
wye-connected but usually are the latter; only three main 
terminals are required per generator. The inherent volt- 
age regulation of a-c generators is comparatively wide 
due to the high synchronous reactance of the windings. 
This is an advantage inasmuch as the synchronous re- 
actance limits the short-circuit current. In order to main- 
tain the required voltage regulation and reactive kvar load 
sharing between parallel generators an automatic voltage 
regulator is used with each machine. 

Generators may be dripproof protected or totally en- 
closed. If totally enclosed, generators are equipped with 
a double-tube air cooler using seawater as a cooling me- 
dium. Silicone insulation is prohibited for totally enclosed 
generators unless the slip rings are located outside the 
generator enclosure; this is to prevent abnormal brush 
wear and increased slip-ring maintenance. If the design 
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and arrangement of a generator are such that circulating 
currents may be expected in the rotor shaft, means (such 
as the use of insulated bearings) are provided to prevent 
circulating currents from passing between the journals 
and the bearings, as the babbitted bearing surfaces may 
otherwise be destroyed. 

Ship-service generators that weigh more than 1000 lb, 
excluding the shaft, and all emergency generators are 
provided with electric space heaters to prevent moisture 
condensation during shutdown. Generators rated at 500 
kVA and above are provided with resistance-type temper- 
ature detectors embedded in the stator windings. 

There are two types of rotating exciters, the d-c exciter 
and the a-c brushless exciter. Both of these exciters are 
coupled to the generator shaft and are similar in outward 
appearance. In place of the commutator on the d-c exciter, 
the a-c brushless exciter has a solid-state, three-phase 
rectifier mounted on the generator shaft to provide the 
d-c excitation for the generator field. The a-c brushless 
exciter responds faster than the d-c exciter, A third type 
of exciter is the static excitation system. This system elim- 
inates the necessity of rotating components and has a 
faster response than either type of rotating exciter. The 
exciter and voltage regulator must be coordinated to ob- 
tain the desired recovery time. The a-c brushless exciter 
and the static excitation system have in general replaced 
the rotary amplifier exciter. 

The preferred routing of cables between the generator 
and switchboard is downward, under the generator plat- 
form, and up behind the switchboard. The preferred loca- 
tion of the generator terminals is, therefore, at the bottom 
of the generator* unless the generator is of such small 
size that connections may be made inside a standard termi- 
nal box mounted on the side of the generator frame. Ail 
generator terminals are protected against accidental con- 
tact and mechanical damage. If the terminals are located 
on the top or side of the generator frame, they are pro- 
tected by a watertight enclosure with removable covers. 
Where cables enter a terminal enclosure on the top or side 
of the generator frame, the enclosure is provided with 
terminal tubes. For terminals located at the bottom of 
the generator frame, the necessary protection* usually 
expanded metal, is furnished by the shipbuilder. 

Additional terminals are required for excitation, imbed- 
ded temperature detectors, and generator space heaters 
where provided. Any such miscellaneous terminals are 
located and protected in a manner similar to the main 
terminals. All generator power connections must be sil- 
ver-plated. 

Particular care must be exercised when terminals are 
brought out and marked to assure that the phase rotation 
wdth respect to the terminal marking will be the same on 
all generators. 

g. Voltage regulators, A direct-acting type of volt- 
age regulator employing a mechanical regulator element 
may be used to control the field of d-c rotating exciters of 
very small auxiliary generators. The regulator element 
may be a torque motor, solenoid, or elecfrodynamometer 
energized by the generator voltage and restrained in mo- 
tion by a spring. Rheostatic elements are automatically 


operated field rheostats of which there are two types. One 
consists of a motor-operated face plate rheostat controlled 
by contacts on the regulator element, and the other con- 
sists of a resistor with numerous steps cut in and out by 
mechanical linkage with the regulator element. Both 
types have antihunting or damping devices to prevent 
fluttering with small changes in load and overregulation 
with large sudden changes in load. 

Either of two types of static voltage regulators may be 
used depending on the type of excitation system. When a 
static excitation system is used, the voltage regulator 
senses the generator output voltage, which is rectified 
and applied to the control winding of a magnetic amplifier. 
The output of the amplifiers is impressed across the con- 
trol winding of three saturable-current potential trans- 
formers, one per phase. The outputs of the transformer 
secondaries are rectified and impressed across the genera- 
tor field. If an a-c brushless exciter is used, the exciter 
field current is supplied by a static voltage regulator, 
which senses generator output voltage. An error voltage 
is impressed across a reactor, which becomes saturated, 
conducts, and fires a silicon-controlled rectifier to provide 
current to the exciter field. The average exciter field cur- 
rent is determined by the point at which the rectifier fires 
during each positive half-cycle. Provisions are made in 
static regulators to provide sufficient excitation that will 
result in fault currents large enough to ensure selective 
tripping of overcurrent devices during short-circuit condi- 
tions when the generator voltage is zero. 

The voltage regulators described in the foregoing are 
suitable for use with generators operating in parallel, 
with each generator requiring an individual regulator. 

Mechanical voltage regulators operate in the “droop” 
mode to provide reactive kvar load sharing between paral- 
lel generators. The droop mode allows for a change or 
drop in voltage from no load to maximum load within the 
selected droop band. Reactive kvar load sharing between 
parallel generators operating in the voltage regulator 
droop mode is also inherently automatic within a certain 
tolerance band, provided the generators and voltage regu- 
lators of the parallel units have the same “droop” charac- 
teristics. Voltage regulators operating in the droop mode 
need to be periodically adjusted to maintain the rated 
voltage and even kvar sharing between generators in a 
fluctuating load environment 

Static voltage regulators may be designed for both 
droop and differential” operation. In the differential 
mode, the voltage regulators maintain the voltage within 
very close tolerances between no-load and maximum load. 
The control circuits of static voltage regulators for gener- 
ators operating in parallel are interconnected to provide 
automatic close-tolerance reactive (kvar) load sharing be- 
tween the generators. 

3,2 Storage Batteries. Storage batteries for ship- 
board applications are usually of the lead-acid or alkaline 
type. Nickel-cadmium is the most common application of 
alkaline technology. However, there are a number of 
other candidate battery technologies, such as silver-zinc 
and sodium-sulfur. 
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An electrical storage battery is a device that can re- 
ceive, store, and discharge d-c electric energy through 
chemical reaction processes, during which an electrolyte 
is composed and decomposed. In large batteries, the elec- 
trolyte is in a liquid state and is mixed with or dissolved 
in water. Vented (breathing) liquid-state electrolyte bat- 
teries give off gases, which contain a potentially explosive 
mixture of hydrogen and oxygen when charging at a high 
rate. Batteries of moderate size are of the totally enclosed, 
sealed, and maintenance-free construction. Dry-cell tech- 
nology is used for smaller batteries. In a dry-cell battery, 
the electrolyte is absorbed in a gel-type compound; these 
batteries are also totally encapsulated (sealed) and main- 
tenance free. . 

The principal shipboard applications for storage batter 

ies include: 

• Propulsion of submarines and other submersibles, 

. Engine starting (diesel engines, gas turbines, life- 
boat engines, forklift trucks). _ 

• Temporary emergency power and lighting. 

• General alarm system and other vital intenor com- 
munication systems. . u „ 

. Emergency power for extenor communication 

(radios). ^ . „ 

. Integrated ship and machinery control systems. 

. Emergency and stand-by generator set control. 

• Fire-screen doors and watertight doors. 

> Computers (microprocessor-based command, con- 
trol, communications and information systems). 

In many of the above applications, the batteries are part 
of an uninterruptible power supply (or no-break power 
supply), as discussed later in Section 3.7. 

Large liquid-state electrolyte batteries need to be ar- 
ranged installed, and ventilated in strict accordance with 
the regulatory body requirements to abate corrosion and 
prevent explosions! Small totally enclosed batteries may 
be packaged and installed without special precautions. 

3 3 Fuel Celt*. A fuel cell is a device in which a chemi- 
cal reaction is harnessed directly to produce d-c electric 
power. Unlike a chemical battery, in which an electrolyte 
is decomposed into its basic components, a fuel cell utilizes 
a controlled reaction between elements such as hydrogen 
and oxygen. Since the hydrogen and oxygen can be contin- 
uously supplied, the fuel cell does not run down as does 
a chemical battery. A schematic of a fuel cell is shown as 
Fig. 5. Gaseous hydrogen and oxygen at pressures in the 
order of 60 psi enter the cell and are brought into contact 
with porous electrodes. Between the electrodes is a liquid 
electrolyte, which serves to limit the reaction rate. Hydro- 
gen diffuses through the porous anode, is absorbed on 
the surface, and reacts with the OH-ions m the electrolyte 
to form water and yield free electrons. Oxygen diffuses 
through the cathode, is absorbed by the surface, and re- 
acts with the water to form OH-ions. Thus water is contin- 
uously being formed at the anode and decomposed at the 
cathode The reaction rate is controlled by the rate ot 
migration of OH-ions through the electrolyte. Electrons 
flow out of the cell through a load and are returned to the 
cathode. The maximum cell electromotive force (eml) is in 


Fig. 5 Schematic of a fuel cell 



the order of 1 volt and depends to a certain extent on the 

choice of reactants employed. 

A fuel cell is not a heat engine, in fact the process is 
essentially isothermal, and consequently the Carnot effi- 
eiency is an irrelevant maximum for fuel-cell perform- 
ance. However, given a supply of hydrogen and oxygen, 
more useful power can be obtained with a fuel cell than 
if the bases were allowed to react spontaneously and a 
Carnot cycle were run from the high-temperature flame. 
This is because the voltage of the cell tends to restrain the 
chemical reaction, much as a piston restrains spontaneous 
expansion of gas. The maximum theoretical efficiency of 
a fuel cell, based on the conversion of chemical to electne 

energy, is 100 percent. , . . . 

A major difficulty of fuel cells is the relatively short 
life span of the electrodes, especially when operated with 
relatively low-grade fuels. Their lifetime can be marked y 
increased by use of purified hydrogen, but the costs of 
the purifying operation are prohibitive. 

Fuel cells appear to be ideal for environments where 
there is no natural supply of air, since they are not air- 
breathing. For this reason, fuel cells were developed for 
aerospace applications and have been used on space vehi- 
cles. There have also been some isolated applications on 
special-purpose submersibles. 

3.4 Motor-Generator Sell. Ship-service primary elec- 
tric power is converted in many different ways to provide 
special power to a large number of systems and equip- 
ment, such as communications, navigation, control, elec- 
tronics, and lighting systems. Motor-generator sets can 
essentially be used to satisfy all electric power conversion 
needs The motor and associated motor controller are se- 
lected to operate on the supply power source and the 
generator and associated voltage regulator are designed 
to provide the specific power required. Hence, a motor 
generator set may comprise all combinations of 
a-c squirrel cage, a-c synchronous, or d-c machines. I he 
major shipboard applications of motor generator sets in- 
clude: 

. Ward-Leonard variable-speed drives (a-c to d-c mo- 
tor-generator sets) such as for cargo handling gear. 

. 60- to 400-Hz motor-generator sets for 400-Hz sys- 

terns on naval ships* 

* D-c to a-c motor-generator sets for temporary emer- 
gency power systems on passenger ships and for sub- 
marme/submersibles* 
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It is noted, however, that motor- generator sets are being 
gradually displaced by solid-state power electronics such 
as thyristors or silicon-controlled rectifiers (SCRs). 

3*5 Solid-State Power Converter*. Solid-state power 
conversion technology is based on the use of solid-state 
power switches, such as silicon-controlled rectifiers (SCRs 
or thyristors) or transistors. These switches operate on 
the principle of rapid and radical changes in their unidirec- 
lion conductivity between near extremes, and are con- 
trolled by electrical signals. The switches are arranged in 
a variety of complex circuit techniques using reactors, 
capacitors, and diodes to achieve the desired converter 
output performance. Solid-state power converters can be 
designed to accommodate regenerative reverse power 
flows, which are desirable for certain electric drives, par- 
ticularly electric propulsion, to provide dynamic electric 
deceleration (braking) on demand. In conjunction with dig- 
ital-control technology, solid-state power converters pro- 
vide close-tole ranee output power in a dynamic load envi- 
ronment, and respond extremely fast and safely to sudden 
and extreme transients including fault currents. 

Solid-state power switches are t however, a concern with 
regard to electromagnetic interferences (EMI), which is 
discussed in Section 12. The rapid and frequent (60 or 400 
times per second) switching of these semiconductor power 
devices causes spikes and harmonics in a wide frequency 
range, which if not abated are conducted into the ship's 
power system and radiated by the electrical equipment 
and cables connected to the system* Hence, solid-state 
power converters may require measures to reduce the 
EMI, such as filters, shielding, and grounding. 

Semiconductor rectifiers are the most commonly used 
a-c to d-c power converters. Kon-controiled copper oxide 
or selenium rectifiers, which are also known as metallic 
rectifiers, represent the earliest practical applications of 
semiconductor technology; however, they remain to be 
the most cost-effective technology for low-power battery 
charger and constant (steady-state) d-c load applications. 
Variable-load and duty-cycle d-c demands are better 
served with controlled semiconductor rectifiers, such as 
SCRs. 

Solid-state frequency converters or frequency changers 
use semiconductor technology to convert, control, or regu- 
late the frequency of a-c power. The most common ship- 
board applications of frequency converters are 60/400-Hz 
converters on naval ships and variable-frequency control- 
lers for variable-speed a-c drives such as electric propul- 
sion, bow thrusters, cargo-handling gear, as well as naval 
replenishment and weapons-handling equipment. Fre- 
quency converters are available in two basic configura- 
tions; two-stage synchro-converters, consisting of a recti- 
fier section (a-e to d-c) and an inverter section (d-c back to 
a-c); and cyclo converters (a-c to a-c in one stage), for 
conversion to lower frequencies only* 

Solid-state inverters use semiconductor technology to 
convert d-c power to a-c power at a variable or constant 
frequency* Inverters are used in such shipboard applica- 
tions as submersibles that are "'powered” by batteries, 


uninterruptible power supplies, and two-stage solid-state 
frequency converters, which first convert a-c to d-c and 
then back to a-c* 

3.6 Transformers* Transformers are the most cost-ef- 
fective method of converting a-c power from one voltage 
to another at the same frequency* Transformers for ship- 
board use are of the dry, air-cooled type; they are rated 
for continuous duty and protected in a dripproof or splash- 
proof enclosure. Transformers may be either of the single- 
phase or three-phase type* One practice is to provide three 
identical single-phase transformers mounted side by side 
in a 3-phase bank with the primaries connected in delta 
and the secondaries connected in either delta or wye to 
suit the application* With such an arrangement, the fail- 
ure of a single-phase transformer will not render the en- 
tire secondary system inoperative; furthermore, it re- 
duces the space and weight requirement for spare 
transformers* However, the high reliability of the insula- 
tion and transformer technologies may make 3-phase 
transformers preferable because they require less space 
and weigh less. 

3.7 Uninterruptible Power Supplier Uninterruptible 
power supplies (UPSs), or no-break power supplies, are 
devices that provide a limited amount of electric power 
for a finite period of time to certain loads in case of a 
power failure on the UPS supply side, with no break or 
interruption in the flow of power to the loads. A UPS 
consists of a storage battery and a set of power conversion 
equipment, with the latter being a function of the type of 
power normally supplied to the UPS and the type of power 
supplied by the UPS to the connected loads. If not inherent 
in the basic concept, an UPS must contain the necessary 
protective features to prevent the flow of energy from 
the battery into the supply side of the UPS upon power 
failure. 

A simple a-c to d-c UPS consists of a battery and a 
rectifier, with the rectifier normally supplying the d-c 
loads and the battery floating on the d-c bus by being 
continuously trickle charged. Upon an a-c power failure, 
the battery continues to supply d-c power to the loads* 

A typical a-c to d-c UPS consists of a battery, a rectifier, 
and an inverter* Normally, power is converted from a-c* 
to-d-c and back to a-c to supply the loads* The battery 
floats on the d-c bus* Upon a power failure on the a-c 
supply side, the battery provides d-c power to the inverter, 
which continues to supply a-c to the loads. 

A typical d~c to a-c UPS consists of a battery and an 
inverter or motor-generator set. Normally, d-c power from 
a d-c power system is inverted to a-c power with the bat- 
tery floating on the d-c supply voltage. Upon a d-c system 
power failure, the battery provides d-c power to the in- 
verter or motor-generator set, which continues to supply 
a-c to the loads* 

A d-c to d-c UPS is simply a battery that floats on the 
d-c system supply to the selected loads* Upon a d-c system 
power failure, the battery continues to supply d-c to the 
loads* 
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Section 4 
Power Distribution 


4,t Distribution Concepts. The electric power distri- 
bution subsystem is the connecting link between the gen- 
erators and the loads/users; it comprises ship-service, 
emergency, and, on naval combatants, casualty-power dis- 
tribution elements. Electric power is distributed through- 
out the ship using either a radial, zonal, or combined ra- 
dial/zonal distribution concept. In a radial distribution 
system, individual loads and power panels are fed directly 
from the main switchboard. The loads are radially con- 
nected to the source of power, like the spokes of a wheel 
to the hub. Radial distribution systems are more economi- 
cal for smaller ships and power systems up to a few hun- 
dred kW. 

In zonal distribution systems, the ship is divided into 
contiguous physical zones, and the loads within each zone 
are fed from one or two large load-center switchboards 
which, in turn, are fed through large bus feeders from 
the ship-service (main) switchboards. 

Zonal distribution concepts are usually applied in com- 
bined radial/zonai distribution systems on larger ships. 
Figure 6 shows the zonal features of a typical 60-Hz power 
distribution system on a naval combatant with three seg- 
regated, totally independent ship-service/emergency gen- 
erator sets (gas turbine or diesel driven). In Zone No. 2, 
the two main switchboards serve as the load centers for 
that portion of the ship; hence the power distribution 
within that zone is basically radial. Zone 3 is fed from 
the third main switchboard and a load-center switchboard 
whereas Zones 1 and 4 are each fed from two load-center 
switchboards. 

The power system one-line diagram reflects the basic 
concepts and details of the power distribution subsystem 
in a diagrammatic/ elementary form and shows branch 
circuits terminating at the individual loads /users. Figure 
7 portrays a "top level” one-line diagram and shows the 
salient features of an electric power plant for a typical 
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Fig. 6 Za nol features of a typkd GO Hi power distribution system for a 
naval surface combatant 


commercial ship. Figure 8 represents a sheet of a detailed 
elementary one-line diagram pertaining to a naval ship. 

4.2 Ship-Service Power Distribution Features. The 
electric hJkds throughou t the ship are supplied either indi- 
vidually and directly from a main switchboard or in groups 
through panelboards and load-center switchboards. Indi- 
vidual feeders from the main switchboard are normally 
used to supply larger loads, such as propulsion auxiliaries 
that are within the same machinery space as the respec- 
tive switchboard, as well as for very large motors (such 
as bow thrusters), which may be anywhere on the ship. 
Grouped loads are supplied by bus feeders or feeders 
through load-center switchboards, group control centers 
(grouped motor controllers), or panelboards, which are 
located central to the associated groups of loads, and oper- 
ationally readily accessible. When the loads served by a 
distribution board are in one compartment, the associated 
distribution board should generally be co-loeated within 
the same compartment or adjacent to it and near the en- 
trance to the compartment. 

Groups of loads are selected by function as well as 
location on the ship. Loads of different distinct functions 
are generally not comingled or fed from the same distribu- 
tion board. Hence, separate feeders and distribution 
boards are generally provided for functional groups of 
loads that are not supplied directly and individually from 
a main switchboard. Typical functional groupings of elec- 
tric loads would include: 

— vital propulsion auxiliaries, 

— nonvital machinery, 

— machinery space ventilation, 

— accommodation HVAC, 

— cargo space ventilation, 

— cargo handling equipment, 

—mooring and anchor handling equipment, 

—weapons and combat systems (on naval ships), and 
— hotel loads, such as galley equipment. 

4.3 Emergency Power Distribution* Emergency power 
distribution emanates from the emergency switchboard 
or, on non-steam naval ships, from a designated ship-ser- 
vice/emergency switchboard. Merchant ships and smaller 
naval steamships have an emergency power distribution 
system as generally depicted in Fig. 7, which provides 
emergency power to 460/ 440-, 115-, and 24- volt vital loads. 
Under normal conditions, the emergency power distribu- 
tion system is fed from the ship-service (main) switch- 
board via a bus-tie circuit. Upon a total loss of ship-service 
power, the emergency generator set automatically starts 
up, the bus-tie circuit breaker on the emergency switch- 
board trips open, and the emergency generator circuit 
breaker closes, energizing the emergency power distribu- 
tion system from the emergency generator. 
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Passenger ships have a two-tier emergency power sys- 
tem, which is more sophisticated and responds instantane- 
ously upon a total blackout. The two tiers consist of a 
temporary and a final emergency power system as illus- 
trated in Fig. 9. The temporary emergency power system 
is fed from batteries in order to bridge the time required 


to start up the emergency generator and bring it on the 
line. The temporary emergency power distribution system 
provides 120-volt 3-phase a-c power (through d-c to a-c 
motor-generator sets or inverters), 120/240- volt 3- wire 
d-c, and 24-volt d-c (the same as on non-passenger commer- 
cial ships). The final emergency power system operates 
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Fig. € Sheer of an elementary one-line diagram 
of a large naval surface ship 


the same as the emergency power system on a non-passen- 
ger ship. Once final emergency power is established, all 
temporary emergency loads are automatically trans- 
ferred to the final emergency power source through auto* 
matic bus transfer switches as shown in Pig. 9. 

4.4 Redundancies and Casualty Features on Naval Ships. 
On naval ships all vital loads are fed from two sources 
of power through independent cable runs and transfer 
switches. Alternate distribution cables, load-center 
switchboards, and power panels are physically segregated 
port and starboard, as well as low and high in the ship for 
reasons of vulnerability. On ships with separate emer- 
gency power systems, one of the alternate power supplies 
emanates from the emergency switchboard to a select 
number of vital loads. Figure 10 illustrates the various 
redundancies and casualty-switching features of an elec* 
trical power system on a naval combatant having three 
independent ship-service/ emergency generator sets. 

Bus transfer switches may be either manual (manual 
bus transfer or MBT) or automatic (automatic bus trans- 
fer or ABT), Bus transfer switches are essential mechani- 
cal double-throw switches to select between a “normar 


and “alternate 1 ' or “emergency” source of power for the 
vital loads connected to the common load terminals of the 
switch. An ABT comprises a power-operated double-throw 
transfer switch and a manual override. Control circuits 
are set up to select between manual and automatic opera* 
tion and to effect automatic transfer of power from “nor- 
mal” to “alternate/emergency 1 * upon the loss of normal 
power and to automatically transfer back to the “normal" 
source upon restoration of normal power. 

These redundancies and casualty-switching features 
within the ship-service/ emergency power distribution sys- 
tem are augmented by casualty power distribution fea- 
tures. These include through-bulkhead casualty termi- 
nals, permanently installed vertical riser cables with top 
and bottom terminals, portable cables, and casualty power 
terminals on vital equipment These casualty power fea- 
tures are used to bridge battle-damaged portions of the 
ship’s power system to restore electric service to vital 
equipment on an emergency basis. 

4,5 Special Power Distribution. Special power systems 
are inherently smaller and more limited in scope when 
compared with the ship's main power system. Special 
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power systems include 400-Hz power systems on naval 
ships (see Section 2), a 115-volt d-c system (on certain 
naval ships), and a 24-volt d-c interior communication (IC) 
power system. The 400-Hz secondary power systems are 
configured similarly to simple 60-Hz ship-service power 
systems. In general 400-Hz power is supplied to one or 
two 400-Hz switchboards either from generators driven 
by 6(KHz motors or from 60/400-Hz solid-state power con- 
verters, On larger naval combatants with two 400-Hz 
switchboards, they are interconnected through a bus-tie 
for combined parallel operation. The 400-Hz power is dis- 
tributed at both 440/460 and 115 volts in a generally radial 
fashion through panelboards. 



D-c secondary power systems are normally supplied 
from batteries, which are charged from motor-generator 
sets or static battery chargers. The battery chargers may 
float on the batteries feeding the system continuously, 
thereby replenishing the energy drawn by the loads and 


734 


MARINE ENGINEERING 


providing a trickle charge even when the system load is 
zero* Such applications essentially constitute an uninter- 
ruptible power supply* 

4*6 Switchboards. The switchboards used in ship- 
board power systems can be functionally classified as 
ship-service (main) switchboards, emergency switch- 
boards, load-center switchboards, and secondary power 
system (on special purpose) switchboards. Ship-service 
switchboards generally include a generator section for 
each ship-service generator feeding the main switchboard, 
bus-tie, and shore-power sections, primary distribution 
sections, and secondary distribution units. The generator 
sections, bus-tie sections, shore-power sections, and pri- 
mary distribution sections are connected to the switch- 
board main bus and operate at the primary system volt> 
age* The secondary distribution units are fed from the 
main bus through step-down transformers to permit the 
distribution of ship-service power at voltages below the 
primary system voltage* 

Commercial ships, with the exception of large passen- 
ger vessels, usually have only one main switchboard, 
which is directly connected to all the ship-service genera- 
tors. A single main switchboard has only one bus-tie cir- 
cuit breaker for the main-to-emergency switchboard bus- 
tie, and one shore-power supply circuit breaker as illus- 
trated in Fig. 7* 

Larger naval ships and passenger vessels have two or 
more main switchboards, each fed from its associated 
ship-service generator. These main switchboards are in- 
terconnected through bus-ties and bus-tie circuit breakers 
at each end* On naval ships, the ship-service switchboards 
may be interconnected in a manner to provide a complete 
ring bus through all the main switchboards as illustrated 
in Figs, 1 and 2* These ships normally have a shore-power 
connection to more than one main switchboard, as well as 
main-to-emergency switchboard bus ties from each main 
switchboard, where separate emergency generators are 
provided. 

Main switchboards are located in the same space as the 
associated generator sets, although they are often sound 
isolated from the generator sets, with either the generator 
set being housed in an acoustic enclosure, or with the 
switchboard being arranged in the enclosed centralized 
machinery control room. The length of the electrically 
unprotected generator cables must be kept to a minimum 
through judicious arrangement of the associated genera- 
tors and switchboards* 

Emergency switchboards generally include an emer- 
gency generator section, a bus-tie section, primary emer- 
gency distribution sections, and secondary emergency dis- 
tribution sections. The emergency generator section, bus- 
tie section, and primary emergency distribution sections 
are interconnected to the emergency switchboard primary 
bus, operating at 480/450 volts. The secondary distribu- 
tion sections are fed from the primary bus through step- 
down transformers and rectifiers to provide for the distri- 
bution of emergency power at voltages below the 480/450 
volts of the primary bus. 

On passenger ships, the secondary distribution sections 
have both temporary and final emergency distribution 


buses interconnected via automatic bus transfer switches 
illustrated by Fig. 3* 

With the exception of large passenger vessels and na val 
combatants, one emergency switchboard normally sup- 
plies the emergency power distribution system of the en- 
tire ship. Such a single emergency switchboard has one 
bus-tie circuit breaker for the main-to-emergency switch- 
board bus-tie as illustrated in Fig* 7* 

On large ships with more than one main and emergency 
switchboard, each emergency switchboard may have two 
bus-ties ib two different main switchboards, with auto- 
matic bus transfer controls to transfer to the alternate 
bus-tie in case of a power failure on the selected bus-tie. 

Emergency switchboards are located in the same space 
as the as*sociated emergency generator set to minimize the 
length of the electrically unprotected generator cables* 

A generator switchboard section typically includes the 
following: 

* A trip-free open-frame electrically operated genera- 
tor circuit breaker with separate overeurrent trip devices 
in each phase, with the exception that the overeurrent 
devices are not provided in the neutral of a dual-voltage 
system* Overeurrent devices are of the inverse-time type 
and, for systems with more than two generators operating 
in parallel, of the instantaneous type* An inverse-time 
overeurrent device protects the generator from overload 
and fault currents, with the reaction (trip) time of the 
devices being inverse to the magnitude of the overeurrent* 
An instantaneous overeurrent device is set above the max- 
imum subtransient fault current of the generator to trip 
the circuit breaker in case of a short circuit on the genera- 
tor side of the circuit breaker, with the remaining two or 
more generators providing a fault current in excess of the 
instantaneous setting of the generator circuit breaker to 
the point of the short circuit on the faulty generator bus* 
Generator circuit breakers are of the multiphase gang- 
operated type. 

* An unfused disconnect device, which completely dis- 
connects the generator and its circuit breaker from the 
switchboard main/emergency (system) bus. Such a dis- 
connect feature is commonly incorporated in the genera- 
tor circuit breakers. 

* Current transformers and potential transformers as 
required for metering, control, protection, voltage regula- 
tion, governor, and synchronizing. 

* Protective relays such as reverse-power relays, 
over /under voltage relays, or over/under frequency re- 
lays, as required* 

* Automatic standby generator set and emergency 
generator set start-up, generator circuit-breaker closing, 
and bus-tie circuit-breaker tripping circuits. 

* On emergency-generator switchboard sections, cir- 
cuit breakers for generator set auxiliaries, such as motor- 
driven cooling-water pumps and motor-operated cooling- 
air intake louvers, are connected to the emergency gener- 
ator bus. 

* In many cases, the generator excitation controls, 
voltage regulators, and electronic governor controls are 
built into the generator switchboard sections. 
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* some case (including most emergency-generator 
switchboards) the local generator set control and instru- 
mentation are provided on the upper front panel of the 
generator switchboard sections* 

Load-center switchboards are essentially remotely lo- 
cated distribution sections of the main switchboard. They 
aie supplied Iroro the main switchboard via a bus feeder 
and in turn supply power to local distribution panels and 
loads. Load-center switchboards are centrally located 
within the zone or part of the ship that is served from a 
particular load-center, Load -center switchboards are nor- 
mally used on larger ships, within a combined zonal/radial 
power distribution system, as illustrated in Fig. 6. Figure 
8 shows a typical load-center switchboard application 
within a section of a power distribution system, 

Naval ships are equipped with secondary 400-Hz power 
systems, with 400-Hz switchboards configured similarly 
to 60-Hz main switchboards. The generator or converter 
sections of the switchboard are equipped with the neces- 
sary controls and instrumentation for local control of the 
400-Hz power system with some provisions for remote 
monitoring or control from the central operating station. 

F igure 1 1 diagrammatically depicts the configuration of 
a typical 400-Hz switchboard. 

Naval ships are normally equipped with several interior 
communications switchboards. IC switchboards combine 
power distribution to IC and electronic systems with other 
control, circuit protection, and switching functions, includ- 
ing the selection of alternate power sources, casualty 
switching, and signal switching. 

Switchboard construction. Switchboards are of a 
free-standing deck-mounted construction and may be ei- 
ther dead -front /open -rear or totally enclosed Live- front 
switchboards are obsolete. A dead-front design provides 
for all live (energized) parts, such as bus work and termi- 
nals to be enclosed or not accessible from the front of 
the switchboard without the removal or opening of either 
bolted or hinged panels. Access to open-rear switchboards 
is normally restricted to authorized personnel by expand- 
ed-metal bulkheads from the ends of the switchboard to 
he nearest structure with locked access openings. Most 
switch boards require access from both the front and the 
rear for hook-up, operation, and maintenance and cannot 
he placed against a bulkhead. In some cases, the top of a 
switchboard may be braced to a nearby bulkhead or to 
the deck above to maintain its structural stability in the 
shipboard environment (vibrations, ship's motions, and 
shock loads). Such bracing may, however, have to be flexi- 
ble to allow for deflection of decks/bulkheads without 
causing plastic deformation to the switchboard structure. 

Switchboards are equipped with nonconducting hand- 
rails in the front to assist the operators. Open-rear switch - 
oards are aiso provided with nonconducting guardrails in 
the rear. Insulation mats, special-insulation nonslip deck 
coverings, or gratings are required in front and back of 
the switchboards to protect operating and maintenance 

Personnel from accidentally slipping and contacting live 
parts. 
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Fig. 11 One-line diagram of a typical 400-Hs iwitehboard 


Switchboards are equipped with dripshields across the 
top to protect them from dripping liquids and falling ob- 
jects and debris. The space over and near the switchboards 
should be devoid of any piping, and any pipes passing 
near the switchboards must be devoid of any pipe joints. 
Ventilation should not discharge air directly onto a switch- 
board* The front of the switchboards must be well illumi- 
nated commensurate with the operational tasks* The light- 
ing fixtures for this purpose may be integral with the 
switchboard and mounted within or under the dripshield 
overhang of the switchboard. 

The configuration of a main, emergency, and 400-Hz 
switchboard may be such that the generator (converter) 
sections are in the center of the switchboard with the 
distribution sections equally divided on both sides. With 
this arrangement, no part of the main bus carries more 
than one half of the total load, resulting in a savings in 
weight and cost. For smaller switchboards, however, the 
genei ator (converter) section may be to one side and the 
distribution section to the other side of the switchboard* 
Figure 12 illustrates a typical main switchboard configu- 
ration* 
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Fig, 12 Typical main switchboard configuration 



Fig r 13 Typical panelboard configuration 


Large open-frame circuit breakers rated between 1000 
and 4000 amps are normally of the drawout type for ease 
of maintenance and repair from the front of the switch- 
board. Molded-case circuit breakers are of the plu^-tn or 
stab-on type for quick and easy replacement from the 
front of the switchboard. 

4.7 Panelboards. Panelboards are the final power 
distribution points. Panelboards are fed from switch- 
boards through three-phase feeder cables and supply 
power to the individual loads through mams. Mams on 
460/440 and 220 /208-volt panelboards are normally tor 
three-phase loads, such as motors and large heaters, 



4 



Fig* 14 Typical bus duct installation and con struct! an details. 


whereas mains and branch circuits on 115-volt pan- 
elboards are normally for single-phase loads such as light- 
ing small heaters, miscellaneous appliances, and recepta- 
cles. Figure 13 illustrates a typical panelboard con- 

^Panelboards are strategically located throughout the 
ship, and central to the majority of the loads they supply. 
Normally all the loads supplied from a panelboard are on 
the same deck, or within the same large compartment 
{such as cargo holds and machinery spaces) and within 
the same watertight boundaries. 

Panelboards are of totally enclosed construction for 
bulkhead mounting and require access from the front only 
for installation, hook-up, operation, and maintenance. 
Molded-case branch-circuit breakers are of the plug-in or 
stab-on type for quick and easy replacement from the 
front. Panelboards may be of the dripproof protected type 
for most applications, of watertight construction for in- 
stallation in the weather, or of the explosion-proof type 
for installation in hazardous areas. In accommodations 
and work areas with joiner work, panelboards are usually 
recessed and flush mounted. Panelboards are equipped 
with lockable hinged front doors to prevent access to un- 
authorized personnel. . 

4 8 Power Distribution Circuits. Power circuits are the 
interconnecting links between the generators, switch- 
boards, panelboards, connection boxes, and the loads. The 
classifications of the circuits change as the power flows 
from the generators through the various distribution 
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points of the system to the connected items. The conven- 
tional classifications used for power circuits are as 
follows: 


Generator 

Bus tie: 

Bus feeder: 
Feeder: 

Main: 

Branch: 


generators to main and emergency 
switchboards 

between main and emergency switch- 
boards 

from main to load-center switchboards 
from switchboards to panelboards or 
loads 

from panelboards to connection boxes 
from panelboards or connection boxes to 
loads 


The conductor size of a power distribution circuit must 
be selected based on the ampacity (current-carrying ca- 
pacity in amps) of the cable {or bus duct) giving consider- 
ation to the following factors: 

* operating current (demand factor) as specified for 
the different categories of circuits; 

* maximum ambient temperature where the circuit is 
installed; 

* maximum allowable conductor temperature as de- 
termined primarily by the type of insulation used; 

* maximum allowable voltage drop; and 

* installation methods and their effect on natural cool- 
ing of the circuit (e,g,, cables have to be derated 


if they are installed doubled, banked, or bunched, 
thereby inhibiting natural air circulation around the 
cable). 

The requirements and constraints governing the selec- 
tion of cables for power distribution circuits are contained 
in the rules and regulations of the regulatory bodies as 
well as in the standards and specifications promulgated 
by the Navy and commercial institutions. These require* 
ments and constraints are typically as outlined in refer- 
ences 6, 7, and 8. 

Line voltage-drop calculations should be performed us- 
ing the determined lengths of each circuit, in order to 
verify the initial cable selection and compliance with the 
allowable voltage-drop limitations. Reference 8 governs 
the approach to be used for voltage-drop calculations for 
naval ships. 

Multiconductor (two or three conductors) commercial 
or Navy shipboard cables are used almost exclusively for 
power distribution circuits. Shipboard cabling in general 
is discussed in Section 13. 

Insulated 3-phase bus duct has been used in isolated 
cases on both naval and commercial ships. Such applica- 
tions are for relatively short runs confined to one space/ 
compartment, such as generator circuits or bus feeders. 
Figure 14 illustrates a typical bus duct installation of a 
bus feeder (from a switchboard) to a group control center, 
plus some details of a typical 3-phase insulated bus duct 
construction. 


Section 5 

Electric Plant Control 


5.1 Control System Architecture. Before the advent of 
shipboard automation, electric plant controls were config- 
ured for local control only of the respective components 
at the equipment Such control actions included: 

• Lineup, starting, monitoring, and securing of the 
generator set prime movers at the respective prime 
mover, using mechanical control features and directread- 
ing gages. 

• Generator voltage, frequency, and load-sharing con- 
trols, manual synchronising and paralleling of the genera- 
tor sets, and primary power system monitoring at the 
main switchboards. 

• Bus-tie and power-distribution circuit breaker con- 
trols at the respective switchboards. 

• Special power systems controls and monitoring such 
as M-G sets, or converters at the equipment or the associ- 
ated secondary switchboard, such as the 400-Hz switch- 
board. 

However, the continuous evolution of shipboard automa- 
tion, concomitant with a centralization and integration 
of machinery operations and an attendant reduction in 
operating personnel, has largely relegated the use of local 
controls to abnormal situations. Most ships are designed 
with a high degree of automation and with an integrated 


machinery control console located in a central, enclosed 
engineering operating station. 

Electric plant controls comprise all of the monitoring, 
control, and data display/logging features required to op- 
erate the generator sets (including prime movers and aux- 
iliary support systems, such as lube oil pumps), main and 
emergency switchboards, load-center switchboards and 
panelboards, and power converters (such as 60/400-Hz 
M-G sets or solid-state converters for special-power sub- 
systems). Many features of an electric power plant are 
either inherently passive or automatic, such as power cir- 
cuits/ cabling and transformers, which require no moni- 
toring or controls. Also most of the power distribution 
circuit breakers on switchboards and panelboards remain 
normally closed (energized) and need to be attended only 
in case of a malfunction or casualty, causing the circuit 
breaker to trip as intended due to an overload or short 
circuit, or for maintenance and repair. 

The monitoring of the condition of an electric plant is 
an important aspect of system control. Monitoring em- 
braces the sensing of the system/equipment parameters 
and status as required for: 

• Feedback for automatic control loops. 

• Data display and logging, 

• Off-limit alarming. 
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* Diagnostic for troubleshooting and maintenance. 

Controls embrace both manual and automatic control 
features and data display/logging, including: 

* Analog instruments, such as gages and meters. 

* Digital electronic displays* 

* CRT's or plasma displays. 

* Indicating lights. 

* Data logging printers. 

■ Computer technology data storage media (disks, 
etc*)* 

Table 2 lists the control, display, and alarm functions/ 
parameters of an electric plant for a gas turbine-propelled 
naval ship, having five ship-service/emergency diesel gen- 
erator sets and associated switchboards, configured as 
shown in Fig. 15. Figure 16 illustrates the panel layout of 
the electric plant control section of an integrated machin- 
ery control console pertaining to the electric plant configu- 
ration shown in Fig* 15 and the associated control, moni- 
toring, display and alarm functions enumerated in 
Table 2. 

The control system architecture is primarily a function 
of the degree of automation and the attendant level of 
manning selected for the operation of the ship. Merchant 
ships sail worldwide with unattended machinery spaces 
and with limited remote monitoring and summary fault 
indications on the bridge and in the engineer's office. Sub- 
part 62 of reference 9 delineates the USCG requirements 
for automated, self-propelled vessels and periodically un- 
attended machinery plants* 

The effect of automation on the electric plant control 
architecture has generally been as follows: 

Ship-service generator sets. The prime movers and gen* 
erators are controlled and monitored from the engi- 
neering operation station. In some installations, the gen- 
erator sets are arranged for automatic start-up, 
synchronizing, load sharing, and shutdown controlled by 
an integrated electric power management system* 

Switchboard . The main switchboard instrumentation 
and controls for the generator, bus-tie, and vital distribu- 
tion circuit breakers are extended to the engineering op- 
erating station. On some commercial ships the main 
switchboard is located within the engineering operating 
station, eliminating the need for remote control and moni- 
toring of the switchboard (and generator) from the 
console* 

Emergency generator sets and switchboards * Some of 
the controls and monitoring features of the otherwise 
totally autonomous and self-contained emergency power 
system (generator set and switchboards) may be extended 
to the central emergency operating station such that a 
malfunction of the remote features will not interfere with 
the automatic operation of the emergency power system. 

Power-distribution switchboards and panelboards. 
Except for some vital power-distribution feeder circuit 
breakers, the control of which may be extended to the 
central engineering operating station, most power-distri- 
bution circuit breakers are for local manual operation only 
for the reason explained before. 


Special power systems. Some of the controls and moni- 
toring of special power systems, such as the 60/400-Hz 
power converters and 400-Hz switchboards on naval ships, 
are extended to the central engineering operation station* 

Local control , Wherever remote control and monitor- 
ing are extended to the console in the central engineering 
operation station, local manual control is also provided at 
the respective units for secondary and emergency fall- 
back operation in case of a malfunction of the remote 
control features, A local/remote control function transfer 
switch and, where applicable, manual/automatic mode se- 
lector switch are provided at the local control stations. 
On naval ships, separate and free-standing electric plant 
control panels (EPCFs), constructed to the same Mil-Spec 
as the switchboards, are often provided in each machinery 
space to consolidate the local controls and display features 
of the electric plant elements within the respective ma- 
chinery space* Figure 17 illustrates the layout of a local 
EPCP pertaining to the same electric plant configuration 
and control concepts portrayed in Fig. 15 and Table 2. 

5.2 Automation. Certain control features of the elec- 
tric plant such as frequency, voltage, and load-sharing 
control, have been automatic for many decades* In addi- 
tion, automatic motor control features have also been 
used to some degree for many decades, as dictated by the 
operating criteria of the system served by the respective 
motor* However, the need for automatic motor control 
features has increased in step with the trend to greater 
shipboard automation. 

The automatic features and functions that have evolved 
and been adopted in the control of shipboard electric 
power plants include the following: 

Automatic start-up of generator sets . An automatic 
start-up of diesel-driven emergency generator sets has 
been a standard feature on both commercial and naval 
ships for many decades. However, the automatic start- 
up of ship-service generators is of more recent vintage 
because of the complexity of automating steam turbine- 
driven generator sets. A generator set aligned for standby 
operation may be started automatically upon the loss of 
an on-line generator set, overload of an on-line generator 
set, or anticipated increase in load demand as determined 
by an electric-load management system. Larger generator 
sets that are designed for automatic operation may re- 
quire a continuous or intermittent automatic pre-lube sys- 
tem when in a standby mode* 

Automatic synchronizing. Automatic synchronizing 
may be provided in conjunction with an automatic genera- 
tor set start-up feature, or automatic synchronizing may 
be provided to avoid potential operator errors such as the 
accidental closing of a generator circuit breaker on a live 
bus without proper manual synchronization. Electronic 
automatic synchronizing equipment has evolved to a high 
degree of accuracy and reliability* 

Automatic load shedding. The automatic shedding of 
nonessential loads in case of a power plant (generator) 
overload condition may range from a simple one-step fea- 
ture to a more complex multistep scheme* In the first case, 
the load-shedding feature may trip one large nonessential 
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Table 2 Typical electric plant control and monitoring functions (pertaining to the electric plant configuration for a naval 
ship o s shown in Fig* 15) 


Function 


A, BrESEL ENGINES (SS/EMERG D-G SETS) 

engine start/stop 5 

generator set ready (in standbv) 5 

engine failed to start 5 

seawater cooling pump 5 

lube oil pressure 5 

jacket cooling water temp. 5 

cylinder exhaust temperature 5xS 

engine speed (same as generator frequency control) 5 

engine tripped (safety features) 5 

lube oil filter differential pressure 5 

crankcase pressure 5 

fuel oil pressure 5 

jacket water pressure 5 

starting air pressure 5 

lube oil sump temperature 5 

engine running hours 5 

engine starting counter 5 

lube oil strainer diff* pressure 5 

air intake filter diff, pressure 5 

lube oil inlet temperature 5 

jacket water temp* to engine 5 


Local 

C D A 


C 


Engine 

Operating 

Station 


D 


A 


X 

X 


X 


X 


X 

X 

X 

X 

X 

X 

X 

X 

X 

X 

X 

X 

X 

X 

X 

X 


X 

X 

X 

X 


X 


X 


X 

X 

X 

X 

X 

X 


A 

X 

X 

X 

X 


B. Generators (SS/emer D-G sets) 
lube oil pressure 
cooling air temperature 
bearing temperature 
governor mode 

generator frequency (same as engine speed) 

voltage regulator mode 

generator voltage 

generator power 

generator current 

stator temperature 

excitation 

generator space heater 

au tom / per missive synchr on izi n g 

power available 


5 

5 

5 

5 

5 

5 

5 

5 

5 

5 

5 

5 

5 

5 


X 

X 

X 

X 


X 

X 


X 

X 

X 

X 

X 

X 

X 

X 

X 

X 

X 

X 

X 


X 

X 

X 

X 


X 

X 


X 

X 


X 

X 

X 

X 

X 

X 

X 

X 

X 

X 

X 

X 

X 


X 

X 

X 


X 


X 

X 


C, D-G SET ENCLOSURES 
cooling fan 

fire 

halon release 

D, Main /emergency switchboards 
system (bus) voltage 

bus tie current 
manual synchronizing 
generator circuit breaker 
bus frequency 
bus tie circuit breakers 
load shedding 

standby generator not available 
plant needs more than 3 generators 
vital distr. feeder circuit breakers 
shore power current 
shore power available 
shore power circuit breakers 
ground detection 


5 

5 

5 


X 

X 


X 

X 

X 


5 

5 

: 

5 

10 

1 

1 

1 

AR 

2 
2 

AR 

AR 


X 

X 

X 

X 

X 

X 


X 

X 

X 

X 

X 


X 

X 

X 

X 

X 


X 

X 

X 

X 


X 

X 

X 

X 

X 

X 


X 

X 

X 

X 

X 

X 


X 

X 

X 

X 

X 


X 

X 

X 


E 400 Hz POWER SYSTEM 
converter: voltage 

frequency 
current 
start/stop 
temperature 
60 Hz power available 
400 Hz power available 
converter output circuit breakers 
converter abnormal shutdown 
ground detection 

0 — control. 

B — display. 

A — alarm. 


2 

2 

2 

2 

2 

2 

2 

2 

2 

1 


X 


X 

X 



X 


X 

X 

X - X 

X 

X - X 


X 

X 

X 

X 

X 


X 
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MAIN MACHINERY ROOM NO. 1 

Fig. T5 Electric plant configuration of a gas turbine-propelled naval ship having five shrp-service/emergency generator sets 
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Fig. 16 Electric plant control panel layout af an integrated machinery control console 
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Fig, 17 Local electric plant control panel layout of a noval ship 
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load {such as a bow thruster) or one large group of nones- 
sential loads (such as reefer containers or hotel loads) 
whenever the power monitor requires load shedding, in 
the latter case, the load-shedding controls may incremen- 
tally trip individual smaller loads or groups of loads de- 
pending on the severity of the overload condition, until 
the overload condition is corrected or the power system 
monitor indicates that the desired load has been shed. The 
power-system monitor may be simply a set of individual 
generator power-sensor relays that trigger the load-shed- 
ding feature whenever the load sensed by any of the gen- 
erator relays exceeds the set point (full-load or overload 
setting). At the other end of the spectrum the power- 
system monitor may be integral with a sophisticated pro- 
grammable processor that is part of an electric power 
management system. 

Automatic shutdown and securing of generator sets. 
On highly automated ships with an unattended machinery 
space, it may be desirable to automatically unload, shut- 
down, and secure an operating generator set wherever 


fewer generator sets could satisfy the operating load of 
the ship as monitored by an electric power management 
system. The normal operational shutdown and securing 
of a generator set may involve more than simply tripping 
the generator circuit breaker and shutting off the fuel to 
the prime mover; rather, it may instead entail a shutdown 
sequencing control scheme. For some larger diesel gener- 
ator sets, it may be desirable to run the set at no-load and 
possibly at a reduced speed for a predetermined period of 
time to allow the prime mover to cool down, before the 
unit is bright to a complete stop. Furthermore, the pre- 
lube system may have to be reactivated upon securing the 
unit to put it back into a standby status. 

Such automatic operational shutdown -controls are in 
addition to the customary emergency/safety shutdown 
features that are provided to instantaneously trip the gen- 
erator circuit breaker and bring the generator set to a 
quick stop in the event of a casualty or equipment mal- 
function, which could result in either overspeed, loss of 
lube-oil pressure, loss of cooling water, or a dangerously 
high operating temperature. 


Section 6 

Electrical Power-Consuming Systems and Equipment 


6.1 Definition of Requirement*. The specific require- 
ments for power-consuming equipment and its associated 
controls, such as motors, heaters, and electronics, are de- 
termined by the characteristics and location of the sys- 
tems/subsystems and the components (such as the driven 
equipment) they serve. The electrical requirements are 
driven bY the functional characteristics of the respective 
svstem/subsystem such as the amount of power and the 
degree, tolerance, and frequency of power variations re- 
quired The mechanical requirements are primarily a func- 
tion of the mechanical characteristics of the respective 
system/ subsystem components (such as the driven equip- 
ment for motors), and the location of the component. The 
latter determines the packaging (enclosure) of the respec- 
tive electrical components. Further details concerning the 
more significant electrical equipments, which are not oth- 
erwise covered in this chapter, are reviewed in the tollow- 
mg paragraphs. 

6.2 Motors and Control*. Practically all of the electric 
motors for ship’s auxiliaries are of the a-e asynchronous 
squirrel-cage induction type. D-c motors as well as wound- 
rotor a-c asynchronous motors have virtually become ob- 
solete; variable-speed drives, where required, use either 
squirrel-cage induction motors with solid-state variable- 
frequency controls, or hydraulic transmissions. Multi- 
speed squirrel-cage motors (up to four speeds) satisfy 
most applications for variable- (multiple) speed drives. 
A-c synchronous motors are used in industrial applications 
to improve the system power factor and are usually ap- 
plied to drive large continuous loads, and to drive a-c to 
a-c motor-generator sets. Shipboard applications of syn- 
chronous motors have been rare, except for electric pro- 
pulsion. 


Table 8 is an excerpt from a typical * l List of Motors and 
Controls'* for a ship. 

a. Electrical characteristics of a-c squirrel-cage in- 
duction motors. The speed, horsepower, and duty ' 
ing of a motor are fixed by the required input to, and the 
operating cycle of, the driven machine. The duty ratings 
(operating cycle) for shipboard applications are classified 
as continuous duty or intermittent duty. Continuous duty 
is a requirement for a service that demands operation at 
a substantially constant load for an indefinite period of 
time. Intermittent duty is a requirement of a service that 
demands operation for specified alternate periods of: load 
and no load; load and rest; or load, no load, and rest. 
Reference 6 contains a description of duty ratings for 
specific applications. 

Squirrel-cage induction motors are designated as de~ 
sign A, B, C, and D. Each design offers different torque, 
speed, and current characteristics to meet various op- 
crating requirements, as may be seen from Pigs, 18 an 

19 - . u- u 

Design A motors have a normal starring torque, high 

starting current, and low slip. This motor is not used for 
the usual shipboard applications because of its high start- 
ing current characteristic. 

Design B motors have a normal starting torque, low 
starting current, and low slip. This is the motor most 
commonly used on shipboard; it is generally used for cen- 
trifugal pumps, fans, blowers, motor-generator sets, and 
compressors that are not loaded when started. 

Design C motors have a high starting torque, low start- 
ing current, and low slip. This motor is normally used for 
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Fig. 18 Torque speed curves of iquirrel-coge induction motors rated 30 to 

50 hp 



Fig. 19 Torque -speed curves of design 0 squirrel-cage induction motors for 
various slip values 


applications such as steering gear, anchor windlass, and 
compressors that are loaded when started. 

Design D motors have a high starting torque, moderate 
starting current, and high slip; this motor is normally 
used for capstans, winches, valve operators, conveyors, 
elevators, and hoists. 

b. Mechanical characteristics of motors. 

Enclosure and method of ventilation , . A wide variety 
of enclosures and methods of ventilation is available for 
motors in marine service. The specific types selected de- 
pend on the particular environmental condition to which 
the motor is subjected. The types of enclosures and meth- 
ods of ventilating motors most commonly used are as 
follows: 

* Dripproof protected, self- ventilated. Used for most 
applications in dry, sheltered locations. This enclosure is 
so constructed that drops of liquid or solid particles falling 
on the motor at any angle not greater than 15 deg from 


the vertical cannot enter the motor. The ventilating open- 
ings are normally protected with wire-screen, expanded- 
metal, or perforated covers to prevent personnel from 
contacting electrical parts. These covers also keep out 
rodents. 

* Totally enclosed, fan-cooled. Generally used to pre- 
vent the entry of foreign contaminants, both solid and 
liquid, into the motor. This type of enclosure prevents the 
free exchange of air between the inside and outside of 
the housing but is not sufficiently enclosed to be termed 
airtight or Watertight. 

* Waterproof, nonventilated. Used for practically all 
motors mounted on weather decks, or where the motor 
may be subject to heavy washdown or possible transient 
submergence, 

* Explosion-proof, fan-cooled. Used in an atmosphere 
containing an explosive mixture. This type of enclosure is 
required to be capable of withstanding an explosion of a 
specified j5;aa or vapor, which may occur within it, while 
preventing the ignition of the gas or vapor surrounding 
the enclosure. Explosion-proof equipment is generally not 
watertight and must be enclosed in a watertight housing 
if it is subject to weather conditions. The cooling fan is 
constructed of nonsparking material and is protected by 
a guard. 

■ Submersible, self-ventilated. Used for those limited 
and special applications that may require normal opera- 
tion in air and emergency operation when submerged. A 
positive means of providing the required capability is the 
use of a bell type of enclosure. The motor-and-pump com- 
bination is vertically mounted and covered with a close- 
fitting bell that is open at the bottom. The bell must be of 
sufficient depth so that the required submergence will not 
force water onto the motor windings. 

Under special and restricted conditions, submersible 
motor-driven pump assemblies may be used to pump out 
the cargo tanks of liquefied methane, propane, ammonia, 
or similar cargos, the primary restriction being that air 
must be excluded from the cargo tanks at all times so as 
to prevent the possibility of an explosive mixture existing 
within the tanks. 

* Watertight/ spray tight. Used in generally wet 
spaces below deck where the motor is subjected to splash- 
ing, spraying, or hosedown. 

Insulation . Insulating materials used in motors are 
divided into categories according to their ability to with- 
stand high temperatures for long periods of time. These 
categories are Class B, F, or H. Class B is rated at 130 C 
maximum operating temperature, Class F at 155 C, and 
Class H at 180 C. These temperatures in each case repre- 
sent the insulation system material capability and are the 
summation of the ambient temperature, motor-winding 
temperature rise above ambient, plus an estimated tem- 
perature gradient referred to as the hot-spot allowance. 

The regulatory bodies and the Navy have specific re- 
quirements regarding temperature rise limits for the vari- 
ous classes of insulation for different applications. Bear- 
ings and bearing lubricants should be selected based on 
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operating temperatures encountered with each class of 
insulation. 

Skajls . For flexible and rigidly coupled drives, the Na- 
tional Electric Manufacturers Association (NEMA) stan- 
dard short-shaft extensions are used. However, in some 
instances shafts are provided with the end tapered, 
threaded, and equipped with a nut and washer for ease in 
disassembly and reassembly. 

Brake motors or motors using shoe brakes are provided 
with front-end shaft extensions as required by the brake 
application. NEMA long-shaft extensions are provided for 
pulley-driven auxiliaries. Special long shafts are provided 
for impellers of close-coupled pumps and axial-flow fans. 
Carbon steel shafts are normally provided for coupled 
drives and for freshwater close-coupled pumps. For 
pumps handling corrosive liquids, the motor shafts are 
generally required to be made of corrosion-resistant mate- 
rials (e.g,, stainless steel or monel) and fitted with sleeves. 

Bearings. With few exceptions motors are equipped 
with greasable ball bearings; however, axial-flow ventila- 
tion fan motors are usually equipped with prelubricated 
and sealed ball bearings, since they are located in duct- 
work and are not easily accessible. Sleeve bearings, de- 
signed for flood lubrication or forced lubrication, are used 
only in special applications. 

Terminal boxes , All motors are normally furnished 
with terminal boxes having threaded pipe taps for ship's 
cable entrance terminal tubes. Motor terminal leads and 
ship's cable are mated by means of cable connectors 
within the terminal box. The degree of enclosure required 
for terminal boxes is usually the same as that provided 
for the motor. The desired location of terminal boxes and 
the number and size of tapped holes for cable entrance 
are normally specified by the shipbuilder. 

Space heaters. Motors subject to wide variations of 
temperature or excessive moisture conditions may be 
equipped with space heaters to prevent condensation of 
moisture in the motor when idle. The heaters may be 
resistance units bolted to the inside of the lower frame or 
a phase winding energized through a low-voltage trans- 
former. In either case, the heating circuit is electrically 
interlocked so as to interrupt the heater power whenever 
the motor is energized. 

Mounting. Motors are designed for mounting in any 
required position, i.e., horizontal, inverted horizontal, ver- 
tical with the drive shaft up or down, and in some in- 
stances inclined. Most shipboard auxiliaries are driven by 
horizontal motors mounted on a common bedplate with 
the driven machine. However, the use of vertically 
mounted motor-driven centrifugal pumps provides a sav- 
ing in deck area and may facilitate a preferred piping 
arrangement. In addition to general-purpose mountings, 
NEMA has standardized on three types of flange mounts: 
“C” face, “D” flange, and “P” or “PH” base. Types C 
and D are used either horizontally or vertically, with the 
relative location of the face and feet fixed by the stan- 
dards. Types P and PH flanges are used for vertical pump 
applications. Each type of mounting should be coordinated 
with the driven auxiliary to insure a satisfactory fit and 
performance. For heavy assemblies (such as an overhung 


motor with a disk brake attached by a flange), it is advis- 
able to provide a foot-mounted motor to afford rigidity. 

Special treatment All motors used in marine applica- 
tions should be given a special impregnation to make the 
windings resistant to salt water, salt air, oil fumes, and 
fungus. Metal parts are made of corrosion-resisting mate- 
rials or are treated to render them corrosion-resistant 
For example, small hardware is usually zinc-plated, and 
the shaft inside the frame, exposed laminations, and 
brackets are usually treated to prevent corrosion. Small 
hardware for motors exposed to the weather may be speci- 
fied to be stainless steel. 

c. Electrical characteristics of alternating- current 
motor controllers. Motor controllers are designed to 
perform specific electrical functions regarding the control 
and protection of motors. The characteristics and applica- 
tions of the various types of controllers that provide these 
functions are as follows: 

Controller operation. Controllers are either manually 
or magnetically operated. Manual controllers are nor- 
mally used for motors rated less than 2 hp that require 
only “on-off” operation. Magnetic controllers are used for 
all other applications and may be classified as automatic 
or nonautomatic. Automatic controllers start and stop the 
motor automatically in response to some operational crite- 
ria without operator interference. Nonautomatic control- 
lers require manual operation of a pushbutton or switch 
to initiate a start or stop. After the initial manual opera- 
tion, the controller completes the starting or stopping of 
the motor. Nonautomatic controllers are used for applica- 
tions other than those auxiliaries that require automatic 
cycling such as air or reefer compressors. Typical control 
circuits for a-c magnetic controllers are shown in Figs, 20 
and 21. 

Starting mode . Typical methods of starting a-e induc- 
tion motors are illustrated in Fig. 22. Controllers for 
across-line starting are used for most shipboard auxilia- 
ries since the ship's generating plants are usually of ade- 
quate capacity to handle the starting currents of the mo- 
tors. However, controllers of the auto- transformer {or 
reduced voltage) type are used when it is necessary to 
limit the starting current of a motor soastoavoid impos- 
ing an excessive transient load on the generating plant. 
Reduced-voltage starters are designed for closed-circuit 
transition so as to avoid high transition currents. Standard 
starting transformers for motors above 50 hp have taps 
of 50, 65, and 80% of rated voltage; only 65 and 80% taps 
are provided in sizes below 50 hp. The starting current 
drawn from the line is proportional to the square of the 
percent voltage tap; i.e., the 80% tap produces 64% of the 
across-line starting current. Starting the fire pump motor 
off the emergency generator is a typical application for 
reduced- voltage starting, 

Wye-deita type of controllers are also used to limit the 
starting currents of large motors. With this arrangement 
the motor is started in the wye connection and then re- 
connected, with closed transition, to the delta running 
connection. This arrangement requires a six-lead motor 
with a starting current of approximately 33% of the 
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Fig. 20 Typical schematic and wiring diagram 
for o compressor motor controller 
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locked-rotor current. This arrangement is typically .used 
to start a bow thruster motor. 

Controllers of the secondary resistor type are used to 
limit the starting currents and provide speed control for 
wound-rotor induction motors; typical applications are 
forced-draft blowers and main circulating pumps. 

Protective features. Low voltage protection (LVP) is 
the feature that is provided to cause the controller to 
disconnect the motor from the power supply upon a 


reduction or loss of voltage; the motor remains discon- 
nected until the voltage is restored and the motor is 
restarted by command as shown in Fig. 23. This feature 
is provided to prevent the simultaneous restarting ot a 
large number of motors after an interruption of power 
because the sum of their large starting currents would 
overload the system, 

Low voltage release (LVR) is the feature that is pro- 
vided to cause the controller to disconnect the motor from 
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TO start the motor manually, turn the selector switch to the man position, this 

ESTABLISHES A CIRCUIT TO THE MAIN CONTACTOR M. THE MOTOR WILL START AND CONTINUE TO HUN AS 
LONG AS THE SELECTOR SWITCH IS IN THE MAN POSITION. 

TQ OPERATE THE MOTOR AUTOMATICALLY UNDER THE CONTROL Of THE PRESSURE SWITCH PS, TURN 
THE SELECTOR SWITCH TO THE AUTO POSITION. THE PRESSURE SWITCH WILL THEN ESTABLISH A CIRCUIT 
TO THE MAIN CONTACTOR M. THE MOTOR WILL START AND CONTINUE TO RUN UNTIL THE PRESSURE SWITCH 
CONTACTS OPEN THE MOTOR WILL THEN CYCLE OFF AND ON AS THE PRESSURE SWITCH CONTACTS OPEN 
AND CLOSE. 

A VOLTAGE FAILURE WILL CAUSE THE MAIN CONTACTOR M TO OPEN AND DISCONNECT THE MOTOR FROM 
THE LINE . WHEN VOLTAGE IS RESTORED, M WILL RECLOSE AND START THE MOTOR (LOW VOLTAGE RELEASE). 

AN OVERLOAD WILL CAUSE THE QL CONTACTS TO OPEN, DEENERGIZING M AND STOPPING THE MOTOR- 
TO RESTART, PRESS THE RESET BUTTON. 

THE MOTOR MAY BE STOPPED AT ANY TIME BY TURNING THE SELECTOR SWITCH TO THE STOP 
POSITION 
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Frg. 21 Typical schematic and wiring diagram far a 
pc table-water pump motor controller 
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the power supply upon a reduction or loss of voltage; the 
motor remains disconnected until the voltage returns, and 
then automatically reconnects the motor to the power sup- 
ply to restart it, as shown in Fig, 24, This feature is usually 
applied to those vital auxiliaries that must be automati- 
cally restarted immediately upon restoration of power* 
Typical examples are lube-oil service pumps, main and 
auxiliary condensate pumps, main circulating pumps, con- 
trol air compressors, and steering gear pump motors. 

It is usually desirable to use time-delay relays with LVR 
controllers to obtain staggered starting and prevent the 
simultaneous restarting of all LVR auxiliaries* Motors 
that are automatically controlled by pressure-switches, 
and similar devices, have an inherent LVR feature unless 


a low-voltage relay, which opens upon failure of line volt- 
age, is provided in the control circuit* All manual-type 
controllers provide LVR characteristics when using stop/ 
start pushbuttons* 

Overload protection is the feature that results in the 
controller disconnecting the motor from the power source 
when excessive currents (other than short circuits) occur 
that could cause overheating of the motor* This feature 
is provided by overload relays; separate relays are re- 
quired for each winding of multispeed motors* Overload 
relays may be either thermal or magnetic* 

Thermal overload relays generally consist of a heat- 
sensitive element and a heat-generating element* The 
heat-generating element may be a heater or coil in series 
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Fig. 22 Typical methods of starting a-c induction motor* 


with the motor load circuit. An excessive motor current 
passing through the heatgenerating element eauses the 
heat-sensitive element to react to open the overload relay 
contacts, thus breaking the circuit to the operating coil ot 
the main line contactors; this in turn causes the contactor 
to open the motor circuit. Since the tripping characteris- 
tics of the thermal overload relay depend on both the 


length of time of application and the amount of overload 
current, the relay can be, and normally is, designed to 
follow approximately the time-current heating curve ot 
the motor. This curve represents the values of the current 
that a motor can carry for different lengths of time with- 
out damaging the motor insulation. Thermal overload re- 
lays may be compensated for possible ambient tempera- 
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ture changes. Thermal overload relays are generally of 
the solder-pot, bimetal, single metal, or induction type. 
Practically all applications of overload relays on shipboard 
are of the thermal type. 

Magnetic overload relays generally consist of a coil in 
series with the motor load circuit and a tripping armature 
or plunger. When the amount of overload current for 
which the relay is set passes through the series coil, the 
tripping armature is actuated to open the overload relay 
contacts, thus breaking the circuit to the operating coil of 
the main line contactors; this in turn causes the contactor 
to open the motor circuit. Magnetic overload relays are 
not affected by variations in the ambient temperature and 
require no temperature compensation. Magnetic overload 


relays are of the instantaneous or time-delay type and 
have limited application on shipboard because they do not 
use heat in their operation and consequently do not follow 
the heating curve of motors. 

Overload relays are provided with a means of resetting 
so that the motor controlled can be restarted with over- 
load protection. Tripped thermal overload relays must be 
allowed to cool before the tripping mechanism can be re- 
set. Magnetic overload relays can be reset immediately 
after tripping. The three forms of overload relay resets 
are manual (hand), automatic, and electric. The manual 
form is the most common for shipboard use and consists 
of a rod or lever which, when operated, causes the tripping 
mechanism to be returned to its original position. The 
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DESCRIPTION OF OPERATION 

TO START THE MOTOR POSITION THE SELECTOR SWITCH AT "RUN". TW$ ENERGIZES 
CONTACTOR M CONNECTING the MOTOR ACROSS THE line, TO STOP THE MOTOR POSITION 
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A VOLTAGE FAILURE WILL cause M TO open stopping THE motor. WHEN voltage IS 
RESTORED t THE MOTOR WILL IMMEDIATELY RESTART fLOW VOLTAGE RELEASE} ■ * 

AN OVERLOAD WILL CAUSE THE OL CONTACTS TO OPEN CAUSING M TO OPEN STOPPING 
THE MOTOR. TO RESTART, PRESS THE RESET BUTTON* 


Fig. 24 Typical motor control circuit with low-voltage 
releoje feature 
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automatic reset has no practical application on ships. The 
electrical reset is limited to those applications where it is 
desirable to reset a relay from a remote operating po- 
sition. 

Emergency run features may be provided on controllers 
for certain auxiliaries, such as elevators, in which case 
stopping in the middle of an operating cycle could be 
highly undesirable. This feature, which is initiated by op- 
erating a pushbutton or lever, renders the overload relay 
tripping mechanism inoperative so that the auxiliary 7 can 
be operated with the motor running in an overload condi- 
tion until the operating cycle is completed. 

In general, each control wire that leaves a controller is 
provided with short-circuit protection. Such protection 


may be provided by a fuse, located in the controller, if the 
lead is not already protected by a current-limiting device 
{coil or resistor) located in the enclosure. 

When a secondary source of power greater than 24 volts 
is brought into a motor controller for alarm, indicating 
light, or other circuits, a suitable interlock is usually pro- 
vided to disconnect the secondary source upon opening of 
the controller door. In lieu of disconnecting the secondary 
source, an independent disconnect device may be used for 
this purpose. This independent disconnect may be located 
adjacent to the motor and controller disconnect, and a sign 
provided on the main disconnect to warn that both devices 
should be operated to disconnect all sources of power to 
the motor and controller. 
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Programmable controllers use digital microprocessor- 
based technology to execute complex automatic control 
functions, m lieu of relays, switches, timers and counters 
etc. They may be used on vital motor-driven auxiliaries' 
which are part, of a highly automated system or subsys- 
tem or in conjunction with a sophisticated vessel manage- 
ment system. 

d. Mechanical characteristics of motor control 
equipment. 

Starter and controller panels. A grouping of several 
motor starters housed in a free-standing deck- mounted 
structure is known as a group control or motor control 
center. Each motor starter within a group control is ener- 
gized from a common power supply feeder through indi- 
vidual circuit breakers mounted in each starter Group 
controls are metal-enclosed units having metal barriers 
between starters. 

In general, individual starter enclosures are either drip- 
proot watertight, submersible, or explosion-proof as re- 
quired by their location. Starters mounted in group con- 
trol centers are generally of the “open" type mounted in 
a dripproof enclosure. 

Cabinet enclosures are usually designed for bulkhead 
mounting m smaller sizes and for deck mounting in 
weights over 150 lb. Consideration must be given to the 
need for rear access on large starter panels for installa- 
tion and maintenance. 

Suitable provisions for cable entrance are made in all 
cabinets, usually at the top for the feeder and at the 
bottom for the motor and control leads. 

Master . switches. The broad category of master 
switches includes pushbutton, drum switches selector 
switches, pressure switches, temperature switches inter- 
lock switches, float switches, and any other type of remote 
pilot device required for proper operation of the controlled 
motor. Local switches and indicating lights, which form a 
part of controllers, have the same degree of enclosure 
as the controller. For remote locations, the enclosure of 
switches is either dripproof, watertight, submersible, or 
explosion-proof to suit the requirements of the location, 
in general, for weather or corrosive areas, watertight 
enclosures of cast bronze or brass for small switches and 
bronze, nodular iron, or stainless steel for winch control 
switches are provided. 

e. Electric motor brakes. Electric brakes for marine 
service are of either the disk or shoe type, each type being 
spring set and magnetically (solenoid) released. Solenoids 
or magnets are usually energized (brakes released) 
through contactors whenever the associated motor is in 
operation. Deenergizing the motor also deenergizes and 
engages the brake. 

Disk brakes may be either a-c or d-c operated; shoe 
brakes are usually d-c operated. For motors that are 50 
hp and larger, d-c operated brakes are usually provided. 
S^iej-ai, brakes for suspended loads are rated at 
of the motor torque. For other types of loads the 
brakes are rated to stop the load under any operating 

i oof , !n these cases ’ tfie brakes ar e usually rated at 
100% of the motor torque. Brakes are provided with a 


means of being mechanically released for emergencv od- 
eration m the event of a power failure. 

Brakes in weather locations are of a watertight con- 
struction and have electric heaters to prevent the accumu- 
lation of condensation during nonenergized periods. 

L isk brakes are attached directly to the motor front 
end bracket and require no special foundation; from a 
space point of view, disk brakes lend themselves to an 
economical installation. Most shoe brakes are foot- 
mounted and require a special foundation for proper align- 
ment with their motor. 

6.3 Resistive Loads. Electric heaters are generallv re- 
sistive loads that operate at a unity (1.0) power factor 
Space heaters. Electric heat is generally preferred to 
steam for space heating, especially on ships that do not 
use steam for other purposes. This preference has contrib- 
uted to the steady increase in electric power plant capacity 
On ships. Space heating includes applications sueh as con- 
vection space heaters, HVAC preheaters, and HVAC ter- 
mma] reheaters. 

Equipment heaters. Electrical equipments exposed to 
the weather and extreme temperature variations are often 
fitted with electrical heater elements to prevent condensa- 
tion within the equipment enclosure. Candidate equip- 
ments for such heaters include motors, generators, trans- 
formers, motor controllers, topside electronics, diesel 
engine jacket water, and deck machinery 
Trace heating. Electric trace heating of piping systems 
to prevent freezing or maintain the viscosity of the fluid 
withm the piping is also often preferred to steam trace 
heating. Trace heating cables are either strapped along- 
side or spiral wrapped around and along the piping run 
I here are three basic types of trace heating: 

* Mineral-insulated heating cables consist of one or 
two series resistance wires imbedded in mineral insulation 
and hermetically sealed in a metal sheath. Mineral-insu- 
lated heating cables are particularly suited for a high- 
watt output, high-temperature application, but must, be 
completely factory assembled to the desired watt output 
and physical length. 

* Con stant- wattage heating cables consist of two par- 
allel bus wires feeding individual parallel resistance-heat 
modules at specific intervals along the cable This cable 
provides a constant watt-per-foot output and can be cut 
!un length durin £ installation to fit the particular piping 

* Sell -regulating heating cables consist of two paral- 
lel bus wires imbedded in a conductive extruded core 
The conductivity of the core changes with temperature' 
having a higher conductivity at low temperatures and vice 
versa, thus consuming more power and generating more 
heat on a cold pipe. As the temperature of the piping 
increases, the heating output of the cable decreases This 
cable can also be cut to length during installation to fit 
the application. 

Miscellaneous electric heating. Other commonly used 
electric heating applications include: 

* Glass imbedded window heaters (such as on the 

bridge). 
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■ Tank heating, through submerged heaters (nor- 
mally used on small tanks only). 

* Flow-through fluid heaters (such as for instanta- 
neous and intermittent demands for hot water). 

■ Cooking appliances such as ovens, stoves, and hot 
plates. 

6.4 Lighting. The electric power demand of the light- 
ing svstem discussed in Section 7 is a function of the type 
of luminaries used. Incandescent-type light bulbs operate 
at unity (1.0) power factor but have a low functional effi- 
ciency (lumens/ watt). Discharge-type lamps or arc tubes 
of the fluorescent, mercury vapor, metal halide, or sodium 
type together with their ancillary reactances of the ballast 
circuitry operate at power factors of about 0,5 to 0.6 on y 
with low-power-factor ballasts and better than 0.9 with 
high-power-factor ballasts. However, this technology of- 
fers higher functional efficiencies (lumens/watt). 

6.5 Electronics, Command and control, interior com- 
munication, navigation, exterior communication, and 
other shipboard electronics are a mixture of constantly 
fluctuating loads, based on the nature of their function. 
On commercial ships, the effect of these loads on the 
electric power system is not significant. However, on na- 
val combatants, the nature and extent of the electronics 
(combat system) loads have a major effect on the capacity 
of the electric power plant and the configuration of the 
power distribution system. 

Some of these systems impose steep pulses of high 
power demands, such as from high-powered radar and 
sonar transmitters. Without special precaution, such 
pulses can produce harmonics outside the specified toler- 
ances of the power system. High-powered, directed-en- 
ergy weapons impose severe demands on the electric 
power plant of naval ships. 

6,6 Other Miscellaneous Loads. Impressed-current 
cathodic-protection systems are installed on ships to coun- 
teract electrochemical or galvanic corrosion caused by 
electrolysis between dissimilar materials in a saltwater 
environment. These systems introduce (impress) a d-c 
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voltage across the ship's or system s components of dis- 
similar material, such as the steel hull and the bronze 
propeller, to neutralize the voltage generated eleetrolyti- 
cally between these components. Such a system is fully 
effective where the impressed voltage from the cathodic 
protection system is of equal potential and distribution 
(but opposite in polarity) across the components as the 
natural electrolytic voltage. 4 _. * 

Figure 25 illustrates schematically the configuration ot 
such a system for protection of the hull. The reference 
electrodes are mounted through the hull below the water- 
line and measure the electrolytic potential between the 
hull and the propeller. The signals from the reference 
electrodes are fed into the controller. The latter controls 
the output voltage of the power supply, which is connected 
to the anodes. The anodes are made of an inert material, 
such as platinum, to prevent consumption, and are also 
mounted through the hull below the waterline. The con- 
troller, power supply, propeller (shaft) and rudder must 
be properly grounded to be at the same ground potential. 

Other miscellaneous electric systems and equipments 
include appliances, medical equipment, tools, and de- 
gaussing (as described in Section 11). 


Section 7 
Lighting System 


7.1 Illumination Criteria. The lighting system is one 
of the ship's vital support subsystems. Its purpose is to 
provide illumination of spaces, operating stations, and 
other features and functions throughout the ship in sup- 
port of the activities and duties of the personnel.^The 
level and quality of illumination have steadily improved in 
keeping with advances in illumination technology, but also 
in response to the application of human engineering fac- 
tors to shipboard operations. For commercial ships, the 
illumination criteria are governed by reference 10, Refer- 
ences 11 and 12 contain the illumination requirements for 
naval ships. 

Illumination level* The illumination level is the pri- 


mary illumination criterion. References 10 and 11 contain 
specific requirements for the average illumination levels 
required within the various spaces, at specific worksta- 
tions, and for specific work tasks and functions through- 
out the different types of ships. The average illumination 
level is the average value of illumination in footcandles 
over an area (space, workstation, deck area, etc.) on a 
horizontal working plane at the working level or about 30 
in. above the deck. The specific requirements are stated 
in initial average footcandles obtained with new and clean 
lighting fixtures (lamps, diffusers, etc.) and clean and 
newly painted surfaces (decks, bulkheads and ceilings) in 
the field of view. The initial average illumination levels 
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are compensated for subsequent deterioration during op- 
eration (dirt accumulation on lamps and diffusers, and a 
loss of reflections from surrounding surfaces). 

Uniformity . Uniformity is one of the illumination qual- 
ity factors. The uniformity ratio is the quotient between 
the maximum footcandle reading under a luminaire and 
the minimum between two adjacent luminaires. Uniform- 
ity factors range from a goal of 1.3 to an acceptable limit 
of 2.0. The greater the distance between the luminaires 
and the “task” surface, the greater the uniformity. 

Brigh tness. The source brightness or glare of a lumi- 
naire as well as glare from reflections from surrounding 
surfaces or the back surface itself (instruments, consoles, 
etc.) should not exceed 450 foot-lambert in the normal 
field of vision in work areas involving close and long- 
duration seeing tasks. The source brightness can be re- 
duced with louvers, diffusers, and filters integral to the 
luminaire. Glare can also be minimized through the proper 
selection and location of the luminaires and through the 
application of light-absorbing or diffusing surface cov- 
erings. 

The brightness contrast ratio is the quotient between 
the amount of light reflected from the task surface and 
that reflected from an adjacent or remote surface in the 
field of view. Brightness contrast ratios range from a goal 
3 to an acceptable limit of 10. limits on brightness criteria 
are necessary to minimize eye fatigue. 

Emergency illumination. A select number of lumi- 
naires throughout the ship must be supplied from the 
emergency lighting distribution system to enhance the 
safety of personnel during a blackout on the ship-service 
power system. The selection criteria are governed by ref- 
erences 6 and 7 for commercial ships and reference 11 for 
naval ships. 

Low-level red illumination on naval ships . Navy 
ships are equipped with Iow-Ieve! red lighting for dark- 
ened-ship operation in support of the ships' night mis- 
sions, in the berthing areas, and in access routes to topside 
battle and watch stations for safety, comfort, and quick 
adaptation of personnel to darkened-ship operation. 

Illumination levels from the red low-level lighting are 
generally low, ranging from 0.2 to 2.0 footcandles, de- 
pending on the criticality of the location. The wavelength 
of the red lighting is achieved through red filters over the 
fixtures. 

During routine operations, all external red lights and 
all internal red lights, which can be seen from outside the 
ship, are converted to yellow lights through a change in 
the filters from red to yellow. The purpose for this is to 
eliminate a potential mistaken identity of red lighting for 
navigation lights by another ship. 

Broad band (blue) (BBB) illumination on naval 
ships. Certain command and control spaces on naval ships, 
which contain cathode-ray tube displays, such as the Com- 
bat Information Center (CIC), are provided with BBB illu- 
mination to minimize interference with display reading. 
The BBB lighting in these spaces is supplemented with 
highly directional white detail illumination as required 
for certain tasks and with white maintenance lighting. 


Command and control spaces with visibility exterior to 
the ship, such as the bridge, are not equipped with BBB 
lighting. 

7.2 Lighting Fixtures. Marine lighting fixtures are of 
a special design and construction to suit the various envi- 
ronmental requirements incidental to shipboard applica- 
tion. They are ruggedly designed to withstand normal 
shipboard vibration and to withstand high-impact shock 
for naval application. Furthermore, lighting fixture enclo- 
sures are compatible with the particular environment en- 
countered in the various locations throughout the ship. 

Lighting fixtures for commercial ships are generally 
qualified to the requirements of reference 13. Fixtures 
not complying with this standard must have U.S. Coast 
Guard approval for each specific application. Lighting fix- 
tures for naval ships are generally of the types delineated 
in references 14 and 15. 

Types of lamps/lightbulbs . The lamps used for ship- 
board applications are generally of the incandescent, fluo- 
rescent, or high-intensity discharge type. 

Incandescent lighting is the oldest electric illumination 
technology. Incandescent lamps provide a compact, high- 
brightness source of “warm” light of a pleasant color 
spectrum, which can easily be directed by a small, simple 
luminaire. This feature makes the incandescent lamp su- 
perior for spot and detail illumination, and it can operate 
readily on either a-c or d-c supplies with no ancillary de- 
vices such as ballasts or starters. It is less sensitive to 
ambient temperatures than other light sources and is, 
consequently, preferred where illumination is required in 
severely hot or cold temperatures, e.g., refrigerated 
spaces, weather locations, detail lighting and around com- 
bustion machinery. Incandescent lamps are also most cost 
effective where minimal low-level illumination is required 
such as in small normally unattended spaces, and for indi- 
cating lights and instrumentation (dial) illumination. In- 
candescent lamps are also available for different color 
spectrums to blend in with the interior decor of a particu- 
lar space. 

However, the disadvantages associated with the high 
source brightness of incandescent lamps, their low func- 
tional efficiency or luminous efficacy (low lumens/watt), 
and their high heat losses have limited the application of 
incandescent lighting for general illumination. 

Fluorescent lighting has become the predominant tech- 
nology for general illumination across a broad spectrum, 
including shipboard applications. Fluorescent lamps are 
of the electric discharge or arc-tube type. Their relatively 
low source brightness, high luminous efficacy (high-lu- 
xnens/ watt), low heat losses, and long lamp life have made 
fluorescent lighting the most cost-effective method for 
general interior illumination. Fluorescent lamps are also 
available for different color spectrums (similar and equal 
to incandescent lamps) to enhance the interior decor. 

However, fluorescent lighting has some disadvantages. 
First, it requires ancillary devices, such as starters and 
ballasts, to operate. Fluorescent lighting fixtures operate 
at a power factor less than unity, in the range of 0.5 to 
0.6 with low-power-factor ballasts and more than 0.7 with 
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h ] gh-power-f actor ballasts. On a one-for-one basis, fluo- 
rescent lights are more costly than incandescent lights; 
however, due to their high functional efficiency and low 
source brightness, most general illumination criteria (lev- 
els and uniformity of illumination) can be achieved with 
fewer fluorescent fixtures vice incandescent fixtures. 

High-intensity electric discharge lamps may be of the 
mercury vapor, metal halide, or sodium type. They are 
generally compact with a high source brightness and have 
an even higher luminous efficacy and a longer lamp life 
than fluorescent lamps. They are particularly suited for 
floodlighting applications. Most of these lamps emit a 
color spectrum of light that is generally acceptable for 
certain working areas such as cargo holds, weather decks, 
and wide-open machinery spaces, but that is unsuitable 
for living spaces. Their long lamp life, ranging from 
10,000 to 30,000 hours, makes them ideal for fixtures 
mounted high on masts and kingposts and other locations 
not easily accessible. The problem of relamping is reduced 
such that the maintenance for this type of fixture is practi- 
cally negligible. For certain applications, supplementary 
instantaneous lighting may be necessary since instanta- 
neous relighting is not inherent in electric-discharge 
lamps in the event of a power failure* The use of some of 
these lamps is limited due to certain hazardous character- 
istics (lamps containing sodium may cause a fire when 
broken on a wet surface)* Serious corrosion conditions 
may also result if the mercury from a ruptured mercury' 
vapor lamp comes into contact with aluminum. Even with 
these limitations, however, this technology has appro- 
priate applications on shipboard* 

Fixture construction. Lighting fixtures are packaged, 
constructed, and shaped according to their application and 
location on the ship- The packaging and integrity of the 
enclosures for shipboard use are of the following cate- 
gories: 

• Non tight, for spaces and applications, which are not 
subject to moisture or volatile gases. 

• Dripproof, for wet or damp locations, including 
areas near or under piping. 

■ Watertight, for installation in the weather, the 
bilges or areas subject to splashing, hosing, or severe 
moisture* 

* Explosion -proof, for hazardous areas and spaces 
that are subject to volatile gases and fumes. 

Lighting fixtures are also categorized according to their 
specific physical application and mounting, such as: 

* Ceiling lights, recessed/flush mounted in a false 
ceiling. 

• Deck lights, suspended from the deck above* ^ 

« Bulkhead lights* 

# Floodlights. 

* Detail lights, such as berth lights, mirror lights, 
spotlights, desk or table lights, and other decorative 
lights* 

* Relay/battery operated emergency lights or lan- 
terns (fixed and portable), to prevent panic and injury to 
personnel and passengers in case of total power failure 


{including the emergency source of power), and to assist 
damage control functions on naval ships* 

7*3 lighting Layout* The selection and layout of the 
number of fixtures for any given space, area, or work 
task are determined through lighting calculations. The 
methods used for such calculations are governed by refer- 
ence 10 for commercial ships and reference 12 for naval 
ships* For general illumination calculations in regular 
compartments with even and normal deck heights, the 
''lumen 1 * method is used as follows: 

AFK t 

Required No* of Fixtures = 

LK U 

where 

A = deck area, ft 2 

F — ! average initial footcandle specified per ft, 2 

K t — t tolerance factor (about 1.10) 

L — ,J output per fixture, lumens 

K u = coefficient of utilization, which depends on the 
type and size of the fixtures and the room 
factor, which depends on the fixture mount- 
ing height and obstructions or room clutter 

When using the lumen method, particular care must be 
taken in the selection of the room factor in order to ac- 
count for the actual mounting height of the fixtures and 
the incidental interferences from equipment, furnishings, 
and overhead runs of distributive systems. Hence in most 
cases, room factors cannot be based on room dimensions 
alone as the lumen output and distribution of each fixture 
are neither even nor fully effective over the entire range 
of coverage* 

The point-to-point method is used to conduct illumina- 
tion calculations for: 

• Complex spaces with highly dense equipment ar- 
rangements, such as machinery spaces* 

• Compartments with large deck heights such as 
cargo holds and hanger bays. 

• Detail illumination of task areas and workstations* 

« Low-level red lighting and BBB lighting on naval 

ships. 

• Floodlighting on weather decks. 

Horizontal illumination distribution curves for the ap- 
plicable luminaires are used in point-to-point calculations* 
The footcandles from individual fixtures as derived from 
the curves are summarized for each specific location. A 
factor greater than 1.0 is applied to this sum to account 
for reflections from surrounding surfaces. 

7*4 lighting Distribution System. 

Basic 115-volt distribution concept Each 115-volt 
lighting bus of each power distribution switchboard (main, 
emergency, or load-center switchboards, as applicable) is 
supplied by a transformer bank* In most applications, the 
transformer windings are connected delta-delta for un- 
grounded primary and secondary systems. In some Instal- 
lations that use rapid-start fluorescent lamps (without 
starters), the secondaries of the transformer bank are 
wye-connected, in lieu of delta-connected, with the neutral 
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grounded to the ship structure to ensure reliable starting 
of the rapid-start lamps* 

In addition to its primary function of distributing 115- 
volt power to the ship's lighting system, the lighting distri- 
bution system supplies 115-volt power to convenience out- 
lets/receptacles, and small auxiliaries and appliances that 
are within the ratings of lighting branch circuits, includ- 
ing single-phase, fractional-hp motors (normally up to V A 
hp)* Power, at 115 volts, is distributed through 3-phase 
feeders from the 115-volt bus of the respective power 
distribution switchboard to lighting distribution panels 
located throughout the ship, which supply the lighting and 
miscellaneous small 11 5- volt power loads through single- 
phase mains, branch circuits, and connection boxes. Light- 
ing branch circuits are rated at either 15, 20 or 30 amps 
with 15 amps being the norm. The connected load on each 
branch circuit is limited to 80% of the circuit rating. 

Ship-service lighting distribution. Separate feeders 
and associated panelboards are provided for the various 
functional areas, and locations of the ship, such as: 

* Machinery spaces (at least two)* 

* Cargo spaces (at least one per hold). 

■ Accommodations (at least one per fire zone and pref- 
erably one per deck), 

* Mission/combat systems spaces (on naval ships). 

* Weather deck (to suit). 

A typical stateroom lighting layout is illustrated bv Fig. 
26* 

Lighting panelboards must be located central to the 
spaces they serve and readily accessible to operating per- 
sonnel, preferably near the entrance to the space, along 
passageways, walkways, and gratings. Panelboards in- 
stalled in passageways are usually recessed into the joiner 
work or bulkhead. Panelboards for cargo holds are in- 
stalled outside but near the access to the respective hold. 

In certain vital mission-essential spaces such as machin- 
ery spaces, public spaces, command and control spaces, 
and passenger staterooms, the lighting fixtures of a given 
space are connected to alternate branch circuits so that 
a failure of any one branch circuit will leave sufficient 
Illumination in a space to permit continued, albeit limited, 
use of the space* 

Emergency lighting distribution . The emergency 
lighting distribution system is normally energized from 
the ship-service power system via the emergency switch- 
board, similar to the emergency power distribution sys- 
tem described in Section 4. Separate emergency lighting 
feeders and associated panelboards are provided for: 

* Machinery spaces. 

* Accommodations (one per fire zone). 

* Mission/ combat systems spaces (on naval ships). 

* Bridge and chartroom, including navigation and sig- 
naling lights, and floodlights for open-deck and lifeboat 
areas. (Alternatively, separate feeders may be provided 
for the navigation and signaling lights and lifeboat lights.) 

Emergency lighting panelboards must be located close 
to the entrance to the areas they serve. Other criteria 
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applicable to ship-service lighting panelboards apply simi- 
larly to emergency lighting panelboards* 

Lighting panelboards. Lighting panelboards are con- 
figured with a three-phase bus supplied from a three- 
phase feeder, and single-phase distribution circuit break- 
ers supplying single-phase branch circuits* The single- 
phase circuit breakers are connected alternately between 
the three phases to facilitate balanced loading between 
the three phases. The single-phase II 5- volt loads are as- 
signed to individual branch circuits in such a way to 
achieve closely balanced loading. Lighting panelboards 
are generally constructed similar to power panelboards 
as described in Section 4. 

Lighting circuits . In general, the criteria outlined in 
Section 4 for power distribution circuits pertaining to 
feeders, mains, and branch circuits apply to lighting cir- 
cuits as well* 

The minimum ampacity of lighting feeder cables must 
be based on 100% of the total connected load on all the 
branch circuits plus an allowance for spare circuit break- 
ers on the panelboard* This allowance may either be 50% 
of the installed spare circuit-breaker capacity or an aver- 
age of the connected active circuit loads for each spare 
circuit breaker. The minimum ampacity of mains and 
branch circuit cables cannot be less than the 15-, 2Q-, or 
30-amp branch circuit-breaker rating* 
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The voltage-drop considerations discussed in Section 4 
for power distribution cables have more significance in 
the selection of 115-volt lighting circuit cables than for 
power distribution cables at the higher voltages. 

7.5 Signaling Light* and Searchlights. A daylight sig- 
naling light is required on all ocean and coastal self-pro- 
pelled ships over 150 gross tons that are engaged in inter- 
national voyages. It may be either a fixed unit mounted 
on top of the wheelhouse, a semifixed unit with arrange- 
ments for quick mounting at either wing of the navigating 
bridge, or a portable handheld unit energized from a selt- 
contained rechargeable storage battery that can operate 
the light continuously for two hours without recharging* 


Ships traversing the Suez Canal are required by the 
Suez Canal Authority to have a portable searchlight with 
a special diffused beam, mounted over the bow, to illumi- 
nate the banks of the canal. This light is rented from the 
Canal Authority and is energized from a special receptacle 
located at the bow. 

There are no other rules or regulations for searchlights 
for oceangoing or coastal ships. However, owners and 
operators may choose to have one or more searchlights to 
suit their s^cific needs. Searchlights on motor lifeboats 
must be certified by the manufacturer to meet the require- 
ments of the ASTM Specification for Searchlights on Mo- 
tor Lifeboats (F 1003). 


Section 8 

Interior Communication Systems 


8.1 General. Interior communications (IC) systems 
provide the means for signaling or transferring informa- 
tion from the source to one or more points through indicat- 
ing, recording, voice, or audible equipment. This includes 
alarm systems, telephone systems, navigational sensor 
systems, and elements of the ship's control systems. I he 
requirements applicable to IC systems are stipulated by 
references 7 and 11 for commercial and naval ships, re- 
spectively* 

The U.S. Coast Guard requires that certain critical cir- 
cuits be supplied with power from emergency or battery 
sources and recommends that others be connected to the 
emergency supply if sufficient capacity is available. These 
requirements lead to a variety of supply systems. Gener- 
ally, the IC loads associated with the machinery space are 
supplied from a local IC power panel with an emergency 
power feeder. Those circuits associated with the wheel- 
house are generally connected to the emergency supply 
via an IC and electronics panel located in, or in the vicinity 
of, the wheelhouse. Unique systems, such as the gyrocom- 
pass, may have a requirement for electrical power not 
available from the ship's supply or the switchboard. In 
this case, the equipment will include power supplies to 
convert the ship’s power to the required characteristics. 

The interior communication circuits on ships built in the 
United States are normally identified by alphanumeric 
symbols similar to those adopted by the U.S. Navy and the 
Institute of Electrical and Electronics Engineers (IEEE). 
Symbols identify the circuit primary function and simplify 
references on plans and correspondence. 

IC systems can be classified as indicating, alarm, com- 
munication, and control systems. Each of these classifica- 
tions and the types of circuits which they include are 
discussed in the remainder of this section. 

8.2 Voice Communication System*. Communication 
systems fall into two general categories: those required 
for the safety of the ship, and those installed as a matter 
of convenience. Communication systems aboard ship are 
typically as follows. 


Emergency loudspeaker system (circuit MC). All 
ocean and coastwise passenger vessels certified to carry 
500 or more persons, including officers and crew, and all 
passenger vessels whose lifeboats are stowed more than 
100 ft from the navigating bridge, are required by the U.S. 
Coast Guard to have an approved emergency loudspeaker 

^The control panel must be located in the wheelhouse. If 
the amplifier is not in the same enclosure as the control 
panel, it must be in a compartment next to the wheelhouse. 
The control panel must be arranged such that the operator 
can broadcast separately or collectively to the following 
stations: 

• Lifeboat stations, port and starboard. 

* Lifeboat embarkation stations, port and starboard* 

• Public spaces used for passenger assembly stations. 

. Crew's quarters. 

* Accommodation spaces and service spaces. 

Each emergency loudspeaker at a lifeboat or embarkation 
station must allow two-way conversation with the navi- 
gating bridge. Each loudspeaker on an open deck must be 
directed toward the after end of the vessel and outboard 
by an angle of approximately 15 deg. 

Emergency loudspeakers of sufficient quantities must 
be provided in all areas specified to meet the sound level 
requirement specified by the U,S* Coast Guard [7]* 

Cable runs to the different loudspeaker groups must be 
as widely separated from each other as practicable. They 
must be distributed so that a casualty to the port or star- 
board supplies to loudspeakers on boat and embarkation 
decks will not render more than half of the loudspeakers 
in the group inoperative, such as by feeding the loud- 
speakers from port and starboard multiconductor cables* 

Cables must be installed in passageways and must not 
run through staterooms, lockers, and other enclosed 
spaces. Each junction or connection box in the distribution 

system must be watertight* , 

If a vessel has a public address or music distribution 
system, there must be a means to silence that system. 
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This means must be next to the loudspeaker system con- 
trol panel* 

The emergency loudspeaker system must be supplied 
from a temporary emergency power source* 

Ship-service telephone system (circuit J). Ship-service 
telephone systems are used for convenient genera! tele- 
phone communications, and are similar to shore installa- 
tions. They are generally of the automatic dial type* Trunk 
lines are provided to connect to shore telephone systems 
when the vessel is in port. 

Sound-powered telephone system (circuit JV) and 
voice-tube systems. The U.S. Coast Guard requirements 
specify that vessels shall be provided with a sound-pow- 
ered telephone system or voice-tube system among the 
following spaces, except a voice-tube system must not be 
used if it is longer than 125 ft or if it is ineffective: 

* Wheelhouse* 

» Steering gear room, if outside of the engine room. 

* Alternative steering station if outside of the steer- 
ing gear room. 

* Engine control room, if there is one. 

. Maneuvering platform, if the vessel has no engine 
control room 

4 Control room, if the vessel is a mobile offshore drill- 
ing unit* 

In addition, the requirements specify that a sound-pow- 
ered telephone or voice-tube system be installed between 
the following: 

* Master gyrocompass and remote wheelhouse re- 
peater compass. 

* Wheelhouse and remote radar plan position indi- 
cator* 

4 Wheelhouse and remote emergency squad equip- 
ment storage spaces. 

4 Wheelhouse and remote smoke-detector cabinets* 

* Wheelhouse and bow or forward lookout station, 
unless direct communication is possible* If the bow 
or lookout telephone is in the weather and on the 
same circuit as other required stations, there must 
he a cutout switch in the wheelhouse that can isolate 
this lookout telephone from the rest of the station* 

4 Wheelhouse and remote radio room and emergency 
radio room. 

4 Wheelhouse and remote radio direction finding 
equipment. (Equipment located in a space which 
opens into the wheelhouse is not considered remote*) 

These requirements are generally met with sound-pow- 
ered telephone circuits 1 JV and 2JV. Sound-powered tele- 
phones are self-contained in that they require no external 
power. This fact adds to their reliability. Most installations 
employ the magneto ringing type and thus avoid the re- 
quirement for the external ringing circuit “E/* 

In noisy locations such as a diesel engine room, there 
must be a telephone booth to permit telephone conversa- 
tion during vessel operation. In a location where the tele- 
phone station audible device cannot be heard throughout 
the space, there must be an additional audible signal de- 
vice or light that is energized from the vessel's electric 


system and is magneto-actuated. Where two or more tele- 
phone stations are near each other, there must be a means 
that indicates the station called. 

Installation costs have substantially eliminated the use 
of voice tubes. Their use is now restricted to short runs, 
which are still cost effective. Reference 7 provides specific 
requirements for voice tubes. 

Sound-powered telephone call-bell system (circuit E). 
Sound-powered handset stations may be alerted by a call- 
bell system* The calling station operates a switch that 
actuates an alarm at the station being called. 

Call-bell system (circuit AX Call-bell systems are usu- 
ally provided on all vessels carrying passengers; these 
systems provide a means for passengers to call for assist- 
ance, when needed, and normally consist of pushbuttons, 
buzzers, and annunciators. A pushbutton should be lo- 
cated in each passenger stateroom, convenient to the head 
of each berth; operation of the pushbutton will cause a 
buzzer to sound, and an annunciator to indicate the state- 
room initiating the call. Annunciators should be located 
where someone is always in attendance. The power supply 
should be 115-volts, 60-Hz, single-phase a-c from the emer- 
gency lighting system* 

8.3 Alarm, Safety, and Warning Systems. Certain 
alarm and warning systems are essential for the safety 
of the ship equipment and ship personnel* The design and 
function of such systems are closely controlled by the 
U.S* Coast Guard. The alarm indication may be visual or 
audible. When two or more audible alarms are required 
in a single space, it is the usual practice to provide a 
common alarm panel, which provides one common alarm 
with visual indications of the alarm source. A brief de- 
scription of typical alarm circuits is as follows. 

Lubrication-oil low-pressure alarm system (circuit 
ECX The lubricating-oil low-pressure alarm circuit pro- 
vides a warning alarm when the pressure in the lubri- 
cating-oil lines to vital machinery becomes dangerously 
low. The alarm is actuated by pressure-operated contact 
switches installed in the lubricating-oil pipeline. The 
switch contacts are held open as long as a predetermined 
pressure in the line is maintained. When the pressure 
falls below the acceptable level, the switch contacts close, 
energizing the alarm signal in the machinery control 
spaces, 

Feedwater low-level alarm system (circuit FW). The 
feedwater low-level alarm system sounds an alarm at the 
propulsion control station when the level of the water in 
the tank supplying the boiler feed pumps becomes low* 
The equipment consists of a float-actuated switch located 
at the feedwater heater or tank, alarm bells, indicating 
lights, and cutout switches. A low ievel of water causes 
the switch contacts to close, energizing the alarm indica- 
tors* An added feature to this circuit can provide for the 
cutoff of fuel oil when the feedwater reaches a danger- 
ously low level. 

Fire alarm system (circuit FX Fire-protective systems 
include automatic fire-detecting systems, manual fire- 
alarm systems, smoke-detector systems, watchman's su- 
pervisory system, or any combination of these systems. 
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* Automatic fire-detecting systems. An automatic 
fire-detecting system may be either a fully electrical/elec- 
tronic type using thermostats, thermostatic wire, or other 
electric heat detectors or it may be a pneumatic or pneu- 
matic/electric type using pneumatic tube detectors. The 
system must be arranged so that the presence of a fire in 
any protected space will be automatically registered visi- 
bly and audibly in the pilothouse or fire-control station. 
The visible notice must indicate the zone in which the 
alarm originated. Vessels over 150 ft in length require an 
audible alarm in the engine room. 

Detectors must not be rated lower than 135 F and not 
higher than 165 F; however, in spaces where a high ambi- 
ent temperature may be expected, detectors rated not 
lower than 175 F and not higher than 225 F may be used. 

There must be at least two sources of power to the 
alarm panel. The normal source must be the main power 
source and the other source must be the emergency power 
source. The alarm panel must contain a power supply 
transfer switch to automatically transfer from normal to 
emergency power. 

Cable runs between the fire-alarm panel and fire-de- 
tecting or fire-alarm zones must be as direct as practicable 
and, where practicable, must not be in staterooms, lock- 
ers, or other enclosed spaces in order to reduce the risk 
of damage by a localized fire, 

# Manual fire-alarm system . This system must be 
arranged and installed so that the presence of a fire can 
be reported from any of the protected spaces and be auto- 
matically registered visibly and audibly in the pilothouse 
or fire-control station. The visible notice must indicate the 
zone in which the alarm originated. An audible alarm is 
also required in the engine room. 

There must be at least one manual alarm box in each fire 
zone. These boxes must be located in main passageways, 
stairway enclosures, public spaces, or similar locations 
where they will be readily available and easily seen in case 
of need. 

* Smoke-detector systems. The smoke-detecting sys- 
tem must consist of a means for continuously exhausting 
an air sample from the protected spaces and testing the 
air for smoke contamination. The smoke-detecting system 
must be divided into separate zones to restrict the area 
covered by any particular alarm signal. Each separate 
space must be considered as a zone, except when two or 
three small adjacent spaces having a combined volume 
not exceeding 5000 feet may be combined on the same 
zone. A zone must not include spaces of more than one 
deck. 

When not located in the pilothouse or fire-control sta- 
tion, the smoke-detecting cabinet must be placed in conve- 
nient proximity to the valve-control station of the I ire- 
extinguishing system. The power supply for the smoke- 
detecting system must be from the emergency lighting 
and power system, 

• Watchman & supervisory system. The watchman's 
supervisory system consists of an apparatus to verify the 
presence of watchmen and record performance of their 
assigned duties. This system can be either mechanical or 
electric. If an electric system is provided, a recorder is 


located at a central station in conjunction with key sta- 
tions along the watchman's route. The power supply for 
the recorder must be from the emergency lighting and 
power system. 

General alarm system (circuit G). A general alarm 
system is required, on all manned vessels of over 100 
gross tons, to warn all persons on the ship of an emer- 
gency. The system consists of electric vibrating alarm 
bells, manually operated contact makers, and distribution 
panels. The alarm bells are energized by manually op- 
erating a normally open, spring-return-to-normal contact 
maker to the "alarm” position. The number of contact 
makers and their location must comply with the applicable 
U.S. Coast Guard requirements. 

The alarm bells must be at least eight inches in diameter 
and produce a distinctive tone different from all other 
bells on the vessel. The U.S. Coast Guard requires the 
sound levf 1 to be six decibels above the background noise 
level existing when the vessel is underway in moderate 
weather. Particular attention must be given to the number 
of bells installed and their locations to meet this require- 
ment. Also, consideration should be given to bulkhead, 
door, and ceiling sound insulation requirements that may 
interfere with sound transmission. In spaces where the 
ambient noise level is unusually high, the alarm bells 
within the spaces should be augmented by flashing red 
lights. 

All general alarm bells are supplied by feeders from a 
feeder distribution panel through branch-circuit distribu- 
tion panels. The feeder distribution panel is supplied from 
the system storage battery source. For vessels that are 
subdivided into zones by fire-screen bulkheads, at least 
one feeder must be provided for each zone, as necessary, 
to supply the bells between adjacent fire-screen bulk* 
heads. For vessels that are not divided into fire zones, the 
vessel must be divided into vertical zones, not exceeding 
150 ft in length, and at least one feeder must be provided 
for each zone as necessary to supply the bells within the 
zone. Distribution feeder and branch circuit panels must 
be located above the bulkhead deck or above the freeboard 
deck, whichever is the higher, and outside the machinery 
casing. These panels should be provided with overcurrent 
protection for each feeder and branch circuit. Disconnect 
switches are not provided. Branch circuit distribution pan- 
els are provided as necessary for each zone. At least one 
fused branch circuit must be provided for each zone deck 
level. No more than five general alarm bells should be 
connected to one branch circuit, and a branch circuit 
should not supply alarm bells on more than one deck level. 

The power supply source for the genera) alarm system 
is either a single storage battery or duplicate storage 
batteries, located in a well ventilated battery locker or 
battery room that is above the bulkhead deck or freeboard 
deck, whichever is higher, and outside the machinery 
space casing. On vessels having only one general alarm 
battery, the battery must be maintained in a fully charged 
condition at all times by an automatic charging panel. On 
vessels having duplicate storage batteries, the batteries 
should be connected, through a two-position transfer 
switch (no "off 1 position), so that one battery will be on 
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charge while the other battery is set up to furnish power 
to the systems involved. For vessels having a temporary 
emergency bus on the emergency switchboard, the alarm 
system may be supplied from this bus in lieu of being 
supplied from separate general alarm batteries. 

Refrigerated spaces alarm system (circuit RA). A re- 
frigerated space alarm system is required in any refriger- 
ated space, accessible to ship's personnel during a voyage, 
that can be locked from the outside such that egress from 
the space is impossible. Each space is fitted with a water- 
proof pushbutton electrically connected to an audible 
alarm located outside the space unless a mechanical pull 
operating a jingle bell is provided. 

8.4 Indicating, Order, and Metering Systems* Indicat- 
ing, order, and metering IC systems transmit status infer* 
mation to areas of control aboard the ship. The receiving 
device may be a dial, a light, a digital display, or an input 
to a unit of control equipment. Indicating systems are also 
considered to include the sensors, such as the underwater 
log or gyrocompass, initiating the information. Typical 
indicating, order, and metering systems are as follows: 

Refrigeration temperature indicating system (cir- 
cuit RT). Vessels with refrigerated compartments are re- 
quired to have a refrigeration temperature indicating sys- 
tem, which indicates the temperature maintained within 
the refrigerated spaces. Temperature sensors, strategi- 
cally placed in the areas, are connected to indicators lo- 
cated on an indicator panel outside the area. Variations to 
the basic system consist of added alarm devices to alert 
the crew before damaging temperatures are reached. Re- 
corders can also be provided to give a printed record of 
temperature readings versus time. 

Shaft revolution indicator system (circuit K). The 
shaft revolution indicator system indicates the direction 
of rotation, speed In rpm, and the cumulative revolutions 
of the propeller shaft. A transmitter is coupled to each 
shaft. Its output is generally fed into a combination revo- 
lution counter and rpm and direction indicator located in 
the machinery space and into rpm and direction indicators 
located in the wheelhouse and other miscellaneous spaces 
as desired. 

Bearing temperature monitoring system (circuit 
TMJ. The bearing temperature monitoring system is used 
to continuously monitor the temperature of selected bear* 
ings in the main propulsion plant. A sensor, usually a 
resistance temperature detector (or RTD), is installed for 
each bearing to be monitored, and is electrically connected 
to the monitoring alarm and indicating equipment incorpo- 
rated in a status panel located in or near the machinery 
control console. 

Rudder angle indicator system (circuit N). The rudder 
angle indicator system provides a means of indicating, at 
remote stations, the angular position of the rudder; the 
system normally consists of a waterproof enclosed trans- 
mitter, located in the steering gear room, and waterproof 
enclosed indicators, located in the wheelhouse and other 
selected stations. The transmitter is a synchrogenerator 
and should be connected to the rudderpost through a me* 
chanical linkage such that it will transmit the actual angu- 
lar position of the rudder to each synchro-indicator. The 


indicators generally consist of a dial containing a fixed 
amidship line and a moving pointer deflected left or right 
of the line to indicate left or right rudder angle. The sys- 
tem supply is usually 115-volts, 60-Hz, single-phase a-c 
and is often supplied from the emergency switchboard. 

Pyrometer indicator system (circuit PB), Boiler flue 
temperatures and other high temperatures are monitored 
by permanently installed thermocouples mounted in the 
boiler uptakes. Each thermocouple is contained in a pro- 
tective tubing, and by means of a rotary selector switch 
it may be connected to an indicator mounted locally or at 
the engineering operating station. 

Salinity indicator system (circuit SB). The salinity 
indicating systems provide a means of measuring the de- 
gree of salt content of the water in potable water systems 
and in boiler feed and condensate systems. Separate sys- 
tems are usually provided for each application, one for 
each desalination plant and one for the boiler feed and 
condensate system. The feed and condensate salinity sys- 
tem is usually identified as circuit ISB and the desalina- 
tion plant salinity system as circuit 2SB. Each system 
consists of salinity cells with valve assemblies and an 
indicator panel. Salinity cells and valve assemblies are 
designed so that the cells may be removed and replaced 
without interruption to a continuously operating piping 
system. To facilitate replacement and servicing, each cell 
is energized through a watertight plug and receptacle. 

Indicator panels are normally arranged with an individ- 
ual control section for each associated cell, a common 
audible alarm, and a meter for reading the salinity content 
at any cell by means of a cell selector switch. Individual 
control section circuitry is such that when the salinity 
content of the system, at the point being monitored, 
reaches a predetermined value, the monitoring cell alarm 
light and the common audible alarm are automatically 
actuated, A silencing switch is provided in each individual 
cell section to deenergize the common audible alarm; oper- 
ation of this switch should not affect the aural or visual 
signaling capability provided for other cells. Each cell 
alarm light is arranged to give indication of alarm until 
the salinity is reduced below the alarm setting. Salinity 
systems are normally set up to alarm when the salt con- 
tent reaches 0,25 grains of sea salt per gallon. 

Salinity systems that monitor the desalination plants 
also incorporate a solenoid-operated dump valve that will 
automatically dump, to the bilge, or bypass all process 
water that exceeds the predetermined salt content; dump- 
ing or bypassing will also take place upon loss of power 
to the salinity indicator, the dump valve solenoid, or the 
desalination plant pumps. Dumping for any reason should 
actuate the common alarm on the indicator panel. 

Underwater log system (circuit Y). An underwater log 
system measures the ship's speed through water and the 
distance traveled. The system, which is used for naviga- 
tion, is described in detail in Section 9. 

Doppler $o?iar speed log (circuit R-SX). A doppler so- 
nar speed log is an electronic system for an accurate mea- 
surement of the ship's fore-and-aft velocity relative te the 
bottom at depths to 500 ft and relative to the water mass 
at greater depths. Operation is based on the principle that 


760 


MARINE ENGINEERING 


Table 4 Typical list of orders for an engine order telegraph 


Full 
Half 

Slow 

Dead Slow 1 
Standby 
Stop 

Finished with Engine 
Bridge Control 
Dead 
Slow 
Half 
Full 


nth 

ntro 

1 


Ahead 


Astern 


a signal transmitted from a moving object and reflected 
back from a stationary surface will indicate an apparent 
shift in frequency. This frequency shift is proportional to 
the velocity of the moving object in relation to the station- 
ary surface. Its principal uses are for speed trials and for 
continuous monitoring of the ship's velocity in coastal 
waters and harbors. 

Gyro compass system (circuit LG). True north and, if 
desired, ship's roll and pitch information are supplied by 
the gyrocompass system. The compass heading informa- 
tion is furnished to steering and bearing repeater com- 
passes located at various navigational stations and to 
other electronic navigating equipments, such as radio di- 
rection finder (RDF), course recorder, and the radar dis- 
plays requiring this information. Roll and pitch informa- 
tion can be supplied to stabilizing equipments if desired. 

Engine order telegraph system (circuit MB). Every 
vessel, except small vessels on which the propulsion plant 
is controlled entirely from the bridge with no means of 
engine control from the engine room, should be equipped 
with a repeat-back signaling system from the navigating 
officer's stations to the engine room. On vessels with more 
than one engine, a separate system should be provided 
for each engine. 

In any telegraph system, transmission of orders to the 
engine room and replies to the bridge should be instanta- 
neous, accurate, and unambiguous under all conditions of 
ambient light and weather. If dial face or pointer-type 
instruments are used, accuracy between the transmitter 
and receiver should be within one quarter of the width of 
the order sector. Indication at each station in use should 
include the direction and speed ordered and answered, and 
such advisory information as needed. Typical orders for 
an engine order telegraph are given in Table 4. 

Transmitted and indicated orders should be visible from 
a distance of at least 10 ft, normal to the instrument. 
Bridge unit illumination should be suitable for night vision 
adaptation. 

When electrically operated engine order telegraphs are 
installed, a bell should ring at every station each time„an 
order or reply is changed, and should ring continuously 
until the order and reply are in correspondence. A power- 
failure audible and visual alarm should be provided on the 
bridge to indicate the failure of power to the system. 

The bridge and engine room units may be operated by 
means of a lever, knob, pushbuttons, or equivalent. The 
arrangement of the conning station order indicators, 
pushbuttons, or lever motion should relate to the desired 


direction of motion of the vessel, that is, ahead orders to 
the bow. However, on round-dial flush-mounted units on 
the bridge, ahead orders should be on the right unless 
only 180 deg of the dial is used, in which case ahead orders 
should be toward the bow. 

On vessels not equipped with bridge propulsion control, 
and thus where the engine order telegraph is the primary 
means of controlling speed from the bridge, the bridge 
station should be limited to the fore-and-aft-moving lever 
type transmitter with "Stop" in the vertical position. 

An audibie and visual wrong-direction signal should be 
provided in the engine room. This signal should operate 
whenever a control is operated in such a manner as to 
produce propulsive thrust in a direction opposite to that 
required by its engine order reply transmitter. This signal 
should be deenergized when the propulsion control is as- 
signed to the bridge. 

When a system includes more than one topside electrical 
transmitter, a transmitter transfer control should be pro- 
vided so that when any one of them is operated, it will 
automatically be connected in the system and the other 
transmitters will be disconnected. On transfer, a bell 
should ring at every station. The reply should be indicated 
at all transmitters at all times. 

Engine order telegraphs may be combined with bridge 
propulsion control systems when separate internal compo- 
nents are used for the two systems, so that the failure of 
one system will not affect operation of the other system. 
The only common parts should be the operating lever, 
housing, illumination components, and interlocking. 

Whistle operator system (circuit W). The whistle oper- 
ator system may be used in the "at will” or "automatic” 
mode of operation and from various conning stations. 
Moving a control switch to the “at will" position closes 
the circuit to a solenoid, which opens the whistle valve or 
closes a contactor. Moving a switch on the whistle timer 
control panel located in the pilothouse to the “automatic” 
position energizes a coding timer motor driving a mechani- 
cal cam that intermittently closes the whistle solenoid 
circuit. The coding timer can be set for time periods as 
required by international navigational rules. Mechanical 
whistle pulls are installed at the navigating stations for 
emergency use. 

Automation and control systems . A number of IC 
circuits are included in the ship's automation and control 
systems. 

8*5 Entertainment System*. 

Skip's entertainment system (circuit SE). Circuit SE 
distributes speech, radio, and taped programs in the pas- 
senger and crew quarters where terminals exist. A cen- 
tralized control station, with amplifiers and receivers, 
broadcasts the programs collectively, or in groups, over 
a series of reproducers. The system components vary to 
suit the type of vessel. Entertainment systems which re- 
broadcast externally received radio signals should have 
features which suppress own-ship active radiation. 

Ship's television system (circuit TC) The ship's televi- 
sion system provides an outside antenna connected to out- 
lets located in various spaces as desired. The system may 
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also include an omnidirectional or rotating antenna as well 
as a radio frequency signal booster. 

8.6 Man-Ofi-tha-Move Communication System*. Man- 
on-the-move communication systems may range from a 
simple commercial set of walkie-talkies to a complex se- 
cure shipboard radio communication system, such as used 
on naval ships. The flexibility in equipments and functions 
of the systems used on naval ships allows practical appli- 
cations for large aircraft carrier/amphibious class ships 
and small surface combatants. Their major functions in- 
cludes: air-operations, air-operations support, seaman- 
ship, damage control ordnance, weapon handling* and 
cargo handling. 

The heart of the system is in the signal data converter, 
which acts as the audio distribution system and also moni- 
tors the equipments' level of functionality through its 
built-in test equipment microprocessor. The system is 
backed up by its own emergency power system. 

The mobile, or portable, units consist of transceiver, 
flight deck noise-occluding helmets and amplifier/char- 
ger. The transceiver is plugged into the amplifier/ char- 
ger; the audio is amplified to four watts, and a trickle 
charge is simultaneously applied to the transceiver bat- 
tery. The unit is a low-power, secure, personal, portable 
transceiver. Fully synthesized, the unit provides 500 fre- 
quency channels within the 340-to-390-MHz band. 

8.7 (C Switchboard*. The IC switchboard is the nerve 
center of the interior-communication system on naval 
ships. Its function is to energize all interior-communica- 
tion and fire-control circuits, including fire-control elec- 
tronic systems and, in small ships, to supply power to 
other electronic equipment. The IC switchboard is in- 
stalled behind the armor belt, where applicable, and gener- 
ally below the waterline to obtain maximum protection. It 
is energized from a normal, an alternate, and an emer- 
gency power supply to ensure continuous service. 

In large combatant ships two main IC switchboards are 
provided. One switchboard is located in the forward IC 
room, and the other in the after IC and gyro room. Thus, 
each system or equipment receives its normal supply from 
the nearer IC switchboard. The after main IC switchboard 
is usually arranged similarly to the forward main board, 
except that in the after board some of the special buses 
such as the controlled-frequency bus may be omitted. 

A dead-front, front-service type of IC switchboard is 
preferred; it is constructed similarly to the dead -front type 
except that it is designed so that installation, operation, 
and maintenance can be accomplished entirely from the 
front of the switchboard. The principal advantage of this 
type of switchboard is that it can be mounted against a 
bulkhead, thus requiring less deck space. 

IC switchboards contain power control distribution 
switches, circuit protective devices, action cutout 
switches, transfer switches, and indicating devices as nec- 
essary for interior communication systems* 

8.8 Fiber O ptic s . Fiber optic s is a r el ati ve ly n e w tech- 
nology that is well suited for IC system communications. 
The radiant power, or light, used in fiber-optic systems is 


electromagnetic energy that is several orders of magni- 
tude higher in frequency than are radio waves. Fiber- 
optic systems are usually described as being designed to 
operate with wavelengths somewhere in the range of 750 
to 1600 nm (meters X 10 -9 ). 

Light travels at a speed of 300,000 km/s in free space, 
but it travels more slowly in other media. When light 
passes from one medium to another, it changes speed, 
which causes a deflection that is called a “refraction.” The 
exact characteristics of light propagation along an optical 
fiber depend on the size of the fiber, the material of the 
fiber and how it is made, and the nature of the injected 
light Maxwell's electromagnetic equations show that 
light does not travel randomly through a fiber; it is chan- 
neled into modes. In simple terms a mode is a possible 
path* 

The types of optical fibers commonly used are 
multimode step-index* multimode graded index, and single 
mode. Multimode step-index is the oldest type and has the 
lowest bandwidth. Single-mode fibers have core diameters 
on the order of 2 to 10 pm. The small core limits the 
propagated light to a single mode. Single-mode fiber has 
the astonishing bandwidth of 2 Ghz-km. A single optical- 
fiber can carry as much intelligence as a 900-pair copper 
cable. 

A simple fiber-optic system consists of a transmitter, a 
fiber, a receiver, and connectors to join the components 
together. A system can transmit a single signal, e.g., the 
light being either on or off P or the intensity of the signal 
can be proportional to the magnitude of the intelligence 
being transmitted. Many signals can be transmitted simul- 
taneously by using some form of multiplexing. 

Two types of semiconductor light sources in common 
use are light-emitting diodes (LEDs) and lasers. Light- 
emitting diodes are used widely in transmission systems 
over short distances. LEDs radiate with an optical power 
proportional to the driving current and have a wide emis- 
sion angle. 

The laser or injection-laser diode (ILD) is the highest- 
quality light source for fiber-optic transmission. It is small 
(about the size of a grain of salt) and is much more direc- 
tional, resulting in less scattering. 

Optical fibers have unique characteristics and capabili- 
ties that are ideal for use in a marine environment. The 
data-carrying capacity of an optical fiber is far superior 
to that of a coaxial cable or twisted-pair conductors. A 
fiber-optic cable is immune to the harsh electromagnetic 
environment found in most marine vessels. It does not 
conduct electricity and is, therefore, intrinsically safe in 
a hazardous or explosive atmosphere. Optical fibers also 
eliminate the various problems associated with ground 
loop currents because of the electrical isolation. The small 
size and weight of optical-fibers coupled with their tre- 
mendous data-carrying capacity offer substantial space 
and weight savings over conventional systems. 

The first known operational fiber-optic system in a com- 
mercial marine vessel was installed in the machinery con- 
trol system for a ship capable of periodical unattended 
operation. The system consisted of five input/output 
(I/O) units located throughout the machinery space in 
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areas of high concentration of signal sources. The various 
signal sources were wired to the I/O units by conventional 
methods. The lengths of cable were usually short because 
of the strategic location of the I/O units. The signals were 
then multiplexed and transmitted over fiber-optic cables 


to the central processor located in the machinery control 
room. Thousands of feet of conventional cable, along with 
the associated weight and installation labor, were saved. 
A corresponding reduction in potential electromagnetic 
interference was also realized. 


Section 9 

Navigation Systems 


9.1 Radio Direction Finder. A radio direction-finding 
system aboard a ship provides a means of establishing the 
ship's position based on the location of two or more fixed 
transmitting stations. Radio direction finders are used for 
both navigation and for the safety of life at sea involving 
search and rescue of ships or lifeboats in distress. A typi- 
cal shipboard system could consist of a radio receiver- 
indicator located on the ship's navigating bridge or in 
the chart room, a fixed cross-loop antenna, and a sense 
antenna. 

The receiver-indicator is tuned to receive the specific 
frequency signal of the selected transmitting station. The 
relative intensity of this received signal is reduced by 
rotating a movable coil, within the receiver, with respect 
to the fixed-loop antenna until a null position is realized 
in the signal received from the transmitting station. This 
null position indicates the bearing at which the system is 
in electronic alignment with the transmitted wave front 
of the radio frequency transmission from the transmitting 
station. The indicated bearing from the ship to two or 
more fixed stations Is noted and the reciprocal lines are 
plotted on an appropriate chart. The position of the vessel 
is indicated by the intersection of these lines. 

The sense antenna provides a means of preventing the 
180-deg ambiguity that could result in bearing readout if 
the received signal is not properly oriented. 

The main radio transmitting antenna should be 
grounded (inoperative) when the radio direction-finding 
system is in operation to prevent distorted signals from 
causing maloperation and to reduce error in the direction- 
finding system. This grounding is usually accomplished 
at the main radio console through a switching unit that 
disables the main antenna and also provides power to the 
radio direction-finding system. Also, special considera- 
tions regarding guywires, stays, handrails, etc., must be 
taken into account and compensated for by proper design 
during installation of the radio direction-finding system. 

The accuracy of radio direction-finder observations is 
affected by fluctuations in the ionosphere and conse- 
quently vary in accordance with the time of day and-time 
of year. Daily distortion of the skywave component of the 
radio transmission known as "night effect” can cause 
considerable error in the plotted position. 

The shipboard power supply for the radio direction 
finder is usually derived from the main radio console 
power supply through its switching unit. 

9.2 Radar Systems. Radar systems for ship naviga- 
tion normally operate at wavelengths of 3 and 10 cm. Two 


systems are usually required for larger ships, one main 
S-band and one auxiliary X-band. A system consists of 
a transmitter-modulator, receiver, a rotatable directional 
antenna (scanner), required power supplies, a master indi- 
cator, and remote indicators (when desired). The radar 
video presentation displays relative motion data in Plan 
Position Indicator (PPI) form on either a 12- or 16-in. cath- 
ode ray tube. The display is a map presentation of an area 
360 deg around the ship. The radius of this presentation 
can be varied by the operator from close ranges to the 
maximum range capability of the radar. The maximum 
range of a radar system is a function of frequency and 
transmitter power, but is primarily controlled by the line- 
of-sight characteristics of microwave frequencies. The 
video presentation displays other ships, buoys, islands, 
and other navigational hazards and show's their relation- 
ship to the navigating station. 

Introducing compass information into the radar system 
display will permit the observed bearings to be measured 
as true north, magnetic north, or relative quantities. Cir- 
cuitry can be provided to give a true motion presentation 
on the PPI; that is, echoes of stationary objects remain 
stationary and echoes of moving objects move. Normally, 
without this circuitry, all objects on the PPI tube appear 
to move because of the ship’s motion. 

Radar is of utmost importance to safety of navigation 
at sea. Automatic radar plotting aids are essentially uti- 
lized to improve the standard of collision avoidance at sea. 
It enables the operators to automatically obtain informa- 
tion concerning multiple targets and provides continuous, 
accurate, and rapid situation evaluation. 

9.3 Hyperbolic Systems, A popular method of naviga- 
tional positioning measures the difference in distance be- 
tween the navigating station and two or more known fixed 
stations. A navigating station positioned between two sta- 
tions at known geographic locations can measure the dif- 
ference in time of arrival of a radio frequency transmis- 
sion from the two stations if their transmissions are 
synchronized. A line connecting all the positions between 
the two transmitting stations where the same time differ- 
ence, or delay, would be measured will describe a hyper- 
bola, having the transmitters as focal points. A similar 
measurement between one of the first two transmitting 
stations and a third station will describe a second hyper- 
bolic line that will intersect the first hyperbolic line at 
the navigating station position, as shown in Fig. 27. This 
method allows the installation of a network of stations and 
the preparation of navigational charts with the hyperbolic 
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Fig. 27 Typicaf lines of position from 
two pairs of Loran stafioru 


calculations identified. The navigating station takes two 
or more measurements and projects its position from the 
appropriate intersections on the chart, 

Loran A was one of the first operational hyperbolic 
systems and operates in the 1.5 to 2 MHz radio frequency 
spectrum. The Loran transmitting stations are operated 
in pairs with one the master station and the other the 
slave station. The master station transmits a pulse of RF 
energy; the slave station receives this signal and after a 
programmed time delay transmits a pulse of RF energy. 
The navigating station measures the lapse of time be- 
tween receiving the master station signal and the slave 
station signal; the navigating station then measures the 
lapse of time between receiving signals from a different 


pair (master and slave) of Loran stations. Each measured 
lapse of time is used to determine the navigating station’s 
proper line of position (with respect to each pair of trans- 
mitting stations) on a Loran (hyperbolic) chart Where 
the two measured lines of position cross establishes the 
navigating station position. See position "V” on Fig. 27. 

Each pair of Loran stations is usually located several 
hundred miles apart. One station is often made common 
to two pairs. As noted in Fig. 27, M is a common or double- 
pulsed station (master); Si and S2 are single-pulsed sta- 
tions (slaves). A double-pulsed station is considered to be 
two separate stations at the same location, since this type 
of station sends out two entirely distinct sets of pulses; 
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each set of pulses is paired with the pulse from adjacent 
stations* 

A typical shipboard Loran installation includes an an* 
tenna and a receiver-indicator. The receiver-indicator 
should be installed in the chart room, above the chart 
table, and should provide direct in-line time-delay 
readings. 

Loran transmissions are effective at ranges of about 
700 nautical miles in the daytime and up to 1400 miles at 
night with accuracies between ±1 mile and ±5 miles 
depending upon the location of the navigating station in 
the hyperbolic grid, time of year, and time of day* 

Loran C uses the same principles as Loran A except for 
the frequency of transmission (100 kHz), which affords 
better and more stable area coverage. Each master station 
has at least two and sometimes three associated slave 
stations; using these multiple slave stations provides for a 
more accurate identification of line-of-position hyperbolic 
grid lines. The use of the lower frequency, as compared 
with Loran A, allows for greater range on the reliable 
ground wave and separation of the master and slave sta- 
tions by as much as 800 nautical miles* The improved 
accuracy of the Loran C system as compared to Loran A 
is basically due to the ability of Loran C receivers to track 
a specific cycle in the transmitted pulse* Loran A receivers 
are limited to tracking the leading edge of its higher fre- 
quency transmission* This advantage makes Loran C a 
widelv used navigational aid* 

The Omega navigational system is a long-range hyper- 
bolic navigation system that uses synchronized signals 
from two or more radio transmitters that may be spaced 
several thousand miles apart* Omega stations transmit on 
low radio frequencies from 10 to 14 kHz; the use of these 
low frequencies results in the transmission of signals that 
are very stable, accurate, and predictable. Precalculated 
line-of-position (hyperbolic) charts are used to plot the 
navigating station position, based on measuring the par- 
ticular signals received from pairs of stations, somewhat 
similar to the Loran system, except that all stations are 
synchronized from a common time source and share trans- 
mitting time with the other stations. Each station trans- 
mits for a specific duration of time (approximately one 
second), and all stations transmit successively and always 
in the same order, Ultimately, the Omega navigating sys- 
tem will consist of only eight stations strategically located 
so as to provide worldwide coverage; it is expected that 
the Omega system will result in accuracies approaching 
% nautical mile in daytime and one mile at night. 

A shipboard Omega installation would consist of a com- 
paratively short whip antenna and a receiver. 

The Decca navigation system is a highly stable continu- 
ous-wave radio position-fixing hyperbolic-type system op- 
erating in the 70-130 kHz band. Each system or s chain” 
comprises a central master station and three slave sta- 
tions disposed in a three-pointed star configuration about 
the master station. Slave stations are 70 to 120 miles 
distant from the master station* There are more than 35 
such chains throughout the world, most of which are in 
the Eastern Hemisphere. The performance range is up to 
25D-S00 miles by day, and positions correct to within ± 50 


yards can be obtained at a range of 50 miles* Unlike Loran 
and Omega, which are operated by the U,S* Government, 
Decca is a privately owned system. The Decca receiver 
and indicators (Decometers) are generally installed in the 
chart room. Navigation charts for areas served by the 
Decca chains are readily obtainable. 

In general, receivers for the foregoing hyperbolic navi- 
gation systems are located in the chart room. 

9*4 Sonar Systems* Sonar systems incorporate ad- 
vanced electronics techniques to allow 360 deg of reliable 
underwAer visual presentation for safe ocean navigation. 
Horizontal scanning sonar systems provide a practical 
and efficient method of underwater surveillance* A sonar 
transducer simultaneously emits ultrasonic pulses hori- 
zontally around the ship. Returning echoes of targets are 
received and the picture is displayed on the bright CRT 
screen., Sonar effectively provides a means to search and 
detect submerged obstructions such as reefs or sunken 
ships tfiat endanger sea routes* The basic sonar system 
consists of a display console, a transmitting/receiving 
unit, transducer unit, control unit, and power supply. 

An echo depth-sounding system provides a means of 
measuring the sea depth beneath the vessel by computing 
the time interval required for sound waves to travel, at a 
known velocity, from the ship's bottom to a reflecting 
surface and return. The measured depth may be visually 
indicated and permanently recorded. This system usually 
consists of a transducer, an electronic control unit, an 
indicator, and a recording unit* 

The transducer is permanently mounted in and flush 
with the ship's hull at approximately one fourth the dis- 
tance from the bow to the stern, and as near the ship's 
centerline as is practicable. This transducer converts elec- 
tric oscillations into sound energy during the transmit 
cycle and converts the sound echo into electrical oscilla- 
tions during the receive cycle. The control unit, which 
contains the circuitry that produces, amplifies, and con- 
trols the various signals necessary for system operation, 
is usually located in the chart room. The indicator visually 
displays the depth of the water, and is usually located in 
the wheelhouse. The recorder produces a permanent re- 
cord of the sea depth on a calibrated chart and should be 
located in the chart, room above the chart table. 

Some vessels are equipped with an alarm device, located 
in the chart room, that sounds when a predetermined shal- 
low depth occurs. 

Echo sounding systems are also used for the measure- 
ments of ground track by using two, four, or more direc- 
tional sonar beams transmitting impulses at an angle. The 
doppler effect on each beam is measured, indicating a 
rate of change of slant range in that particular direction* 
Ground track navigation systems are used by large ves- 
sels navigating in shallow coastal waters* survey vessels, 
and ships required to maintain station over a given point* 
Ground track information is also required by ships using 
a doppler-shift method of satellite navigation such as the 
Transit System* A typical ground track installation could 
consist of a receiver/driver, four transducers mounted in 
the ship's bottom (which may be combined in arrays), a 
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dead-reckoning tracer, and a digital readout device dis- 
playing forward, aft, and athwartships velocities. 

9*5 Satellite Navigation* Satellite navigation is the 
utilization of orbiting satellites to provide all-weather 
worldwide positioning at sea* A series of satellites are in 
circular, polar orbits, about 600 miles high, and circle the 
globe every 107 minutes forming a birdcage" within 
which the earth rotates. Each time a satellite passes above 
the horizon, which occurs every 35 to 100 minutes de- 
pending on latitude, there is an opportunity to obtain a 
position fix. Each satellite transmits a message that 
allows its position to be calculated accurately as a function 
of time. An accurate position fix is obtained by combining 
the calculated satellite positions, the range difference 
measurements between these positions (Doppler fre- 
quency shift counts), and the vessel-motion information. 

The first operational development using satellites for 
navigation was the U.S. Navy Transit System, Military 
requirements dictated that this be a passive system. Satel- 
lites in polar orbit are monitored by ground tracking sta- 
tions, Some of the tracking stations have the capability 
of updating the information stored in the satellite-borne 
computers. Every two minutes a satellite transmits a mes- 
sage containing the time of transmission and orbital track 
information* The transmission occurs on two frequencies, 
m the UHF spectrum, separated by approximately 300 
MHz, to compensate for distortions in propagation en- 
countered in ionospheric and atmospheric penetration. 
The navigating station receives the transmissions with 
a receiver/computer complex that measures the doppler 
effect on the transmissions caused by the satellites move- 
ment with respect to the navigating station. The resulting 
quantity, which is the rate of change of slant range, is 
used to compute position. By taking several observations 
from successive satellites, accuracies to a few hundred 
yards are possible. A shipboard installation for the Transit 
System consists of an omnidirectional dual-frequency an- 
tenna, a receiver/ computer console, and a precise fre- 
quency standard. 

The Global Positioning System (GPS) is a more recent 
satellite navigation system that will provide extremely 
accurate information for navigating ships at sea, when it 
becomes fully operational* It will use 18 satellites in 6 
orbital planes, ensuring that the GPS receiver will see up 
to 4 satellites simultaneously on a continuous basis, GPS 
will provide a constant fix of vessels with great accuracy. 

9*6 Inertial Navigation Systems* Inertial navigation 
Or guidance is the method of directing the movements of 
a ship, aircraft, ballistic missile, or other vehicle from one 
point to another based on the acceleration of the vehicle, 
which is sensed and integrated to determine the velocity 
and position of the vehicle. This remarkably versatile 
method, more so than any other kind, is based on measure- 
ments made with respect to an earth-independent frame of 
reference, rather than with respect to earth- fixed objects 
using the Newtonian laws of motion and of gravitation. 
Their versatile features have given inertial systems the 
highest military importance, largely due to their virtually 
unlimited potential for accuracy. For this reason, ad- 
vanced technological developments of inertial systems 


have been applied almost exclusively for military pur- 
poses* However, the features of inertial systems are at- 
tractive for all types of navigation. 

An inertia] navigation system basically includes a set 
of gyros, a set of accelerometers and integrators, a gravi- 
tational computer, a navigational computer with a sidereal 
clock, and an optional optical monitor system* The gyro 
device, which tends to preserve or maintain a fixed orien- 
tation in space, provides a self-contained frame of refer- 
ence, which is analogous to the exterior frame of refer- 
ence provided by the stars in ordinary celestial navigation. 
An assemblage or cluster of two or more gyros, suitably 
gimballed relative to the craft, provides the stable element 
that can be maintained in a predetermined spatial orienta- 
tion despite movements of the vehicle. The stable element, 
perfectly balanced and supported about three axes, liter- 
ally preserves fixity after being initially aligned with re- 
spect to a set of stars* 

The set of accelerometers constitutes the essential sens- 
ing capability of the system. A set of three accelerome- 
ters* orthogonally mounted on the stable element, can 
sense speed changes in any direction. The orientation of 
the accelerometers is established by the gyros so that 
components of the total acceleration vector can be deter- 
mined* Integrators are provided for the accelerometer sig- 
nals, to generate the first and second time integrals of 
vehicle acceleration* which are components of velocity and 
displacement* 

A gravity computer is used to calculate the magnitude 
and direction of the gravitational acceleration, so that its 
components can be reflected in the accelerometer indica- 
tion* Gravity computation is possible because the earth's 
surface gravity is known accurately as a function of lati- 
tude, and can be calculated as a function of radial distance 
with the aid of the universal law of gravitation. 

A navigational computer is used to calculate the vehi- 
cle's velocity vector and supply to the gyros the control 
torques necessary to maintain the stable element that 
carries the accelerometers in a level position as the vehicle 
moves over the earth* The feedback from the accelerome- 
ters through the computer to the gyros takes known val- 
ues of the earth's radius into account and accordingly 
perforins a function equivalent to explicit gravity compu- 
tation, Earth rotation effects are calculated in the com- 
puter, and appropriate corrective signals are applied to 
the inputs and outputs of the accelerometers and gyros. 

An optical monitor system, w hich is based on a telescope 
taking bearings on stars or other celestial bodies of known 
positions, is used to periodically detect and correct gyro 
errors. 

9*7 Electromagnetic Log System* A basic electromag- 
netic log system consists of a rod me ter sensing unit, an 
indicator-transmitter, a remote control unit, and a sea 
chest* With the sensing-unit electromagnet generating a 
magnetic field, an induced voltage in the surrounding wa- 
ter is detected due to the fluctuation of the magnetic field 
in the water* The sensing unit is hull mounted through a 
sea chest. This voltage is amplified and converted to a 
shaft position by a nulling servo system and displayed at 
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Table 5 Navigation lights on oceangoing ships 


Designation 

Arc of 

Visibility, deg 

Lens 

Color 

Running lights 



sidelight (stbd) 

112.5 

green 

sidelight (port) 

112.5 

red 

masthead (fwd) 

225 

white 

masthead (aft) 

225 

white 

stem light 

135 

white 

Signal lights 



anchor (fwd) 

360 

white 

anchor (aft) 

360 

white 

not-under-command 

360 

red 

towing 

225 

white 


the indicator-transmitter as speed in knots. This is con- 
verted by a digital integrator to the amount of distance 
traveled. Both speed and distance traveled are then trans- 
mitted to other display equipment 

9.8 Dead-Reckoning System. A dead-reckoning sys- 
tem provides a continuous ship*position estimation based 
on the speed and course of the vessel, the time the ship 
has been running on the course, and the effects of wind, 
waves, and current encountered between the two previous 
position fixes. The data required for dead-reckoning calcu- 
lations include the last known position, the course as indi- 
cated by the gyrocompass, the speed as indicated by the 
speed log, the running time since the last position fix as 
indicated by an internal clock, and the set and drift be- 
tween the last two position fixes, At each position fix, the 
ship's estimated position is compared with the calculated 
position, and the distance between the two positions is 
used to calculate the set and drift. This information is 
then used for the next dead-reckoning calculation. The 
basic dead-reckoning system consists of an analyzer-indi- 
cator, which is located in the chart room, and a tracer unit, 

9.9 Navigation Lights. All seagoing ships must be 
equipped with navigation lights in compliance with the 
International Regulations for Preventing Collision at Sea 
(commonly called “COLREGS' 1 ) as established through 
the International Maritime Organization (IMO). The navi- 
gation lights of ships sailing on inland waterways must 
also meet the applicable rules of the pertaining country, 
Reference 16 provides detailed requirements for naviga- 
tion lights and is applicable to both the international COL- 
REGS as well as inland navigation rules in accordance 
with the applicable laws of the United States. Navigation 
lighting fixtures are required to meet the provisions of 
Underwriters Laboratories Standard UL 1104, and be ap- 
proved by the U.S. Coast Guard. Navigation light fixtures 
are not required to be listed and labeled by the Underwrit- 
ers Laboratories. 

Navigation and signal lights fitted on oceangoing ships 
are listed in Table 5. A typical arrangement of navigation 
and signal lights for a crude-oil tanker is shown in Fig. 
28. 

Sidelights are located port and starboard normally at 
the navigation bridge level so that each light is visible at 
a distance of at least 3 miles on its respective side from 
directly ahead to 22.5 deg abaft the beam of the ship. 
Sidelights are generally fitted with inboard screens such 


that in the forward direction the intensities decrease to 
reach practical cutoff between 1 and 3 deg outside the 
prescribed sectors. 

Masthead lights forward and aft are screened so as to 
be visible at a distance of at least 6 miles forward through 
an arc of 225 deg that is, to 22.5 deg abaft the beam on 
either side. These lights are located one on the forward 
mast and one on the after mast, and are placed over the 
fore-and-aft centerline of the ship. The after masthead 
light is located not less than 4,5 m vertically above the 
forward light and the horizontal distance between lights 
is not less than one half the length of the vessel but need 
not be more than 100 m. The forward light is placed not 
more than one quarter of the length of the ship from the 
stern. 

The stem light is located as nearly as practicable at the 
ship's stern and is screened so as to be visible aft over an 
arc of tlje horizon of 135 deg (67.5 deg to port and star- 
board from the centerline) for a distance of at least 3 
miles. 

The forward anchor light is located at the bow of the 
ship at least 6 m above the hull; the after anchor light is 
located near the stem at a height not less than 4.5 m lower 
than the forward anchor light. Both lights are required to 
be visible all around the horizon from a distance of at least 
3 miles. 

Not-under-command light installations consist of two 
red lights located in a vertical line, one over the other, not 
less than 2 m apart and visible all around the horizon from 
a distance of at least 3 miles. These lights are normally 
located midship on the mainmast directly below the mast- 
head light 

Towing light installations consist of two lights located 
in a vertical line with the forward masthead light, one 
over the other, not less than 2 m apart and screened to 
show forward through an arc of 225 deg (22,5 deg abaft 
the beam on either side). These lights are permanently 
installed on vessels expected to operate frequently with a 
tow; otherwise they may be portable. 

The running lights (masthead, side, and stem) are re- 
quired to be of the two-compartment type with a single- 
filament lamp in each compartment so as to have a backup 
light in the event of failure of the primary light. The signal 
lights (anchor, not-under-command, and towing) are of 
the single-compartment type with a single-filament lamp. 
Each compartment of a single- and two-compartment fix- 
ture is provided with a 3-conductor flexible cable and a 
unique plug that is configured to fit designated recep- 
tacles. 

Ships equipped with a steam whistle are usually 
equipped with a whistle light to illuminate the steam re- 
leased when the whistle is operated. 

In addition to the foregoing, liquid cargo ships are re- 
quired to display a red warning light during transfer of 
bulk cargo; this light must be located above the wheel- 
house so as to be visible all around the horizon. 

A navigating light panel is installed in the wheel ho use 
for the control of all running and signal lights. This panel 
combines an automatic or semiautomatic telltale running- 
light section for audible and visual alarm and individual 
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control of the masthead, side, and stern lights and a sig- 
nal-light section for the control of anchor, not-under-com- 
mand, and towing lights as applicable. The running-light 
section is arranged to indicate the failure of each primary 


lamp and is provided with a switch, either automatic or 
manual, for transfer to the secondary lamp. The signal- 
light section is arranged only for “on-off operation of 
the light supply circuit. 


Section 10 

Exterior Communication Systems 


10. 1 Radio Communication. Radio communication in- 
stallations consist of receivers, transmitters, and trans- 
ceivers together with their associated terminals and an- 
tenna systems. These systems are selected on the basis 
of the needs of the individual ship and in accordance with 
the minimum requirements established by the Federal 
Communication Commission as defined in reference 17, 
the U.S. Coast Guard, or the U.S. Navy_ SOLAS Safety 
Radiotelegraphy or Safety Radiotelephony certificates at- 
testing to compliance with SOLAS requirements are re- 
quired on vessels engaged in international voyages. 

Communications are normally maintained by voice or 
telegraphy; the more advanced communication systems 
may include teletype, digital, and encrypted capabilities. 

The radio installation for a typical commercial ship con- 
sists of the following items: 

1. A main transmitter, receiver, antenna, and power 
supply. 

2. A reserve transmitter, receiver, antenna, and power 
supply, all of which must be separate from those required 
in Item 1. 

3. An HF teletype (TTY) transmitter, receiver and 
power supply with printer. 

4. A radiotelephone transmitter, receiver with selective 
ringer, antenna, and power supply. 

5. An automatic alarm receiver to monitor the 500-kHz 
international radiotelegraph distress frequency* 

6. An automatic alarm keying device to key the main 
and reserve transmitters with the international automatic 
alarm signal in case of an emergency. 

7. A survival-craft portable transceiver for use in a 
lifeboat. 

8. Emergency position indicating radio beacon 
(EPIRB), 

On most ships, the aforementioned radiotelegraph 
equipment, excluding the antennas and Items 7 and 8, 


along with the necessary accessories that are required for 
complete operation and supervision of the radio complex, 
may be combined into a communication console designed 
for use by one operator. This console is located in the 
radio room and is fitted with special means of main and 
emergency lighting separate from the radio room light- 
ing. The normal lighting supply is from the normal power 
feeder to the console* and the emergency lighting supply 
is from the emergency radio battery. 

Electrical power for the main console is supplied from 
the emergency switchboard. D-c power-conversion equip- 
ment is located in the console. The emergency power sup- 
ply for the reserve transmitter, receiver, and automatic 
keyer is from a storage battery located in a battery locker 
adjacent to the radio room. Means must be provided to 
maintain this battery in a fully charged condition at all 
times. 

The automatic alarm receiver for monitoring the inter- 
national distress frequency, 500 kHz, Item 5 of the forego- 
ing, is provided to supplement manual monitoring when a 
radio operator is not on duty. This feature is provided to 
satisfy the SOLAS and PCC requirements that all ships 
at sea must monitor continuously the internationally as* 
signed distress frequency. 

The automatic alarm keyer, Item 6, is primarily an 
emergency device that can be set up to key either the 
main or reserve transmitter with a predetermined auto- 
matic alarm signal sequence. 

Some ships are provided with facsimile recording equip- 
ment, including antenna* for the purpose of reproducing 
weather maps and charts transmitted from shore stations. 
This recording equipment is usually located in the radio 
room. 

The radiotelephone installation, Item 4, provides medi- 
um-range voice communication service between ships and 
between ship and shore stations by using the 2-27.5 MHz 


768 


MARINE ENGINEERING 


maritime service bands; it may also be used to monitor 
international distress frequencies. This installation usu- 
ally consists of a transmitter-receiver unit complete with 
a local hand microphone and a channel selector switch for 
selecting pretuned operating frequency circuits, a power 
supply unit, a selective ringer, and a remote telephone 
handset. Most equipments are designed to transmit and 
receive alternately on a push-to-talk basis. The transmit- 
ter-receiver unit and its power supply unit are sometimes 
mounted within the main radio console or may be sepa- 
rately mounted, either in the chart room or in the radio 
room. The selective ringer has a built-in signal bell and is 
arranged electrically to sound when another station is 
trying to contact the vessel; this ringer is normally located 
in the radio room or on the bridge. Where greater range 
is required, radiotelephone equipment covering the 2-27.5 
MHz marine bands and employing the single sideband 
mode of transmission and reception may be fitted. This 
equipment provides reliable radiotelephone communica- 
tion over many thousands of miles under normal atmo- 
spheric conditions. 

For reliable short-range communication up to 50 miles, 
VHF (very high frequency) transceivers are commonly 
used, The units operate in the 156-162 MHz marine bands 
and employ the frequency -modulation mode of transmis- 
sion and reception. A bridge-to-bridge channel (channel 
13:156.65 MHz) is incorporated in the VHF transceiver 
and is used for bridge-to-bridge communication between 
vessels for navigational purposes only. Channel 16 (156.8 
MHz) is the allocated channel for distress, safety, and 
calling. 

Radio communication antennas may be of the vertical- 
standing whip type, or a wire type, depending on the sys- 
tem requirements and the shipboard configuration. Each 
antenna design and installation for compulsorily fitted 
equipment is subject to Federal Communication Commis- 
sion and U.S, Coast Guard approval. 

A survival-craft portable radio unit, complete with 
hand-cranked generator, is provided on each vessel for 
emergency use in lifeboats. The entire unit is required to 
be packaged so that it is buoyant and of a minimum 
weight; it is normally stowed in the radio room or is lo- 
cated near the lifeboat in a special rack designed for easy 
and quick removal. 

10.2 Satellite Communication. Communication satel- 
lites, stationed in synchronous orbits over the Pacific, At- 
lantic, and Indian Oceans, provide a reliable linkup 
between shipboard terminals and the network of 
telecommunications stations on land. The satellite commu- 
nications system provides direct high-quality communica- 
tions including voice, teletype, facsimile, and high-grade 
data to navigating ships, anywhere in the world's oceans. 
The satellites, which serve as relay stations, utilize a circu- 
lar orbit approximately 22,300 miles above the equator. 
The system operates intheLand C bands, which are 1 to 
2 GHz and 4 to 8 GHz, respectively. 

The advent of satellite communications (SATCOM) has 
made possible a full spectrum of two-way reliable commu- 


nications in real time on a continuous basis. SATCOM 
offers the following services: 

1. A voice capability from any ship at sea to intercon- 
nect with the domestic network, 

2. A telex capability to transmit and receive telex mes- 
sages and to interconnect with the worldwide teletype 
network. 

3. A facsimile capability to transmit and receive 
weather maps, drawings, manifests, and other graphics. 

4. A high-speed data capability for alternate voice data 
communications at 1200 and 2400 bits per second with 
speeds of 60 kilobits, 

A shipboard SATCOM terminal consists of an electron- 
ics unit, automatic tracking antenna assembly, power sup- 
ply unit, teletype unit, telephone, and facsimile unit. The 
antenna assembly is designed as a rugged and highly 
reliable mechanism that covers the full 360-deg azimuth 
and provides a 90-deg elevation coverage. The antenna is 
radome-protected and is mounted atop a stub mast. 

10.3 Optical Communication. Optical communication 
is the transmission and reception of data, voice, video, and 
other information by means of the visible portion of the 
electromagnetic spectrum. Using electromagnetic waves, 
optical communication differs from radio and microwave 
communication only in the fact that the wavelengths em- 
ployed are shorter, since inversely, the frequencies used 
are higher. Optical communication provides several ad- 
vantages. The high frequency of the optical carrier, typi- 
cally in the order of 300,000 GHz. permits much more 
information to be transmitted over a single channel than is 
possible with a conventional radio and microwave system. 
Also, the very short wavelength of the optical carrier 
permits the use of very small components. In addition, the 
highest transparency for electromagnetic radiation yet 
achieved in any solid material is that of silica glass; this 
transparency is orders of magnitude higher than that of 
any other solid material in any other part of the electro- 
magnetic spectrum. 

10.4 Infrared Communication. Just beyond the limits 
of optical vision in the electromagnetic spectrum lies the 
invisible infrared region. In the communication field, in- 
frared light beams can be used to send and receive data 
and other signals at vast distances, and provide the capa- 
bility for effective ship-to-ship and ship-to-shore signaling. 

Produced and controlled by familiar types of illuminat- 
ing and optical devices, the most significant feature of 
using infrared radiation for signaling and observation is 
in the fact that it is invisible to the human eye. Thus, 
infrared communication signaling and observation under 
conditions of darkness can be accomplished with consider- 
able security against detection. 

A basic infrared system consists of a transmitter, re- 
ceiver, control unit, viewing set, telegraph key, blinker 
light that is infrared-filtered, and power supply set. The 
infrared receiver is an instrument that converts infrared 
radiation into visible light. An electronic-image converter 
tube in the receiver performs this function. Focusing of 
the infrared radiation on the photo-sensitive surface of 
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the tube is accomplished by the objective assembly. The 
transmitter is used to generate infrared radiation for 
transmission. The viewing set is focused toward a dis- 
tance-signaling searchlight or blinker light wherein the 
message is conveyed. 

Communications between ships and stations are accom- 
plished with maximum effectiveness on clear, dark nights 
and in daylight. Rain and snow impede the infrared sys- 
tem operation, while haze, smoke, and fog reduce its 
range to the same extent that normal vision is impeded or 
reduced. 

10.5 Acoustic Communication. Acoustic transmission 
of the human voice through water is the best primary 
communication method between ocean submersibles and 
between surface support ships and divers. Acoustic com- 
munication is the use of sound beams for the transmission 
of information. Voice and continuous-wave communica- 
tions have been developed for underwater telephone ex- 
changes between submarines and naval ships; this in- 
cludes equipment for amplitude modulation, frequency 
modulation, and single-sideband operation. In general, 
500- to 3000-Hz frequencies are used for long-range com- 
munications; frequencies in the 10,000-Hz region are used 
for much voice communications over ranges of several 


miles, but the use of frequencies above 25,000-Hz limits 
communication ranges to a few thousand yards. 

Acoustic signals are attenuated and refracted in pass- 
ing through water. The attenuation is a complex function 
of frequency, water temperature, water pressure (depth), 
and water salinity. Energy losses increase rapidly with 
frequency, especially above 25,000 Hz. Thus, low frequen- 
cies favor long-range communication, but they severely 
restrict the operational bandwidth and data rate and com- 
monly require the use of large transducers, 

The basic concept of underwater propagation is based 
on the fact that sound consists of a regular motion of 
molecules of an elastic substance. Because the material 
is elastic, a motion of the particles of the material, such 
as the motion initiated by a sound projector or transducer, 
communicates to adjacent particles. A sound wave is 
thereby propagated outward from the source at a velocity 
equal to the velocity of sound. In a fluid, the particle 
motion is to-and-fro, parallel to the direction of propaga- 
tion. Because the fluid is compressible, this to-and-fro 
motion causes changes in pressure, which can be detected 
by a pressure-sensitive hydrophone, The hydrophone, 
which is the basic unit of the acoustic communication sys- 
tem, is a device that transforms or transduces acoustic 
energy to electric energy. 


Section 11 
Degaussing 


11-1 Purpose- A ship is a large magnet due to the 
magnetic material that is used in its hull and machinery. 
A ship has permanent magnetization like that of a perma- 
nent bar magnet, and induced magnetization like that in- 
duced in soft iron when placed in a magnetic field. The 
permanent magnetization is reasonably independent of 
the ship's heading and its position on the earth's surface, 
but changes somewhat with time. The induced magnetiza- 
tion depends upon the ship's heading and the earth's mag- 
netic field where the ship is located, and changes when 
the ship changes heading or moves to a place where the 
earth's magnetic field is different. 

Because of its permanent and induced magnetization, a 
ship is surrounded by a magnetic field, the strength of 
which decreases with distance. It is this magnetic field 
which actuates magnetic influence devices that can be 
used to detect the presence of the ship. The magnetic 
influence devices may form part of a magnetic detector, 
to merely detect the presence of a ship, or they may form 
a part of a firing mechanism of a magnetic mine and cause 
it to detonate when a ship is near. 

The purpose of degaussing naval ships is to counteract 
or neutralize the magnetic field produced by the perma- 
nent and induced magnetization of a ship and thereby 
make the ship "magnetically invisible" insofar as practica- 
ble. This will reduce the possibility that a ship can be 
detected by magnetic detectors and will also reduce the 
danger of triggering a magnetic mine. If a ship were 


perfectly degaussed, its magnetic field would be zero, as 
if the ship were not there, and its presence could not be 
detected by magnetic-influence devices. 

1 1,2 Methods of Degaussing, Ships can be degaussed 
either by magnetic treatment (deperming) or by electric 
coils. The magnetic treatments used are a normal deperm 
and a Hash deperm. The effectiveness of magnetic treat- 
ments is limited since induced magnetization changes with 
ship heading, roll, pitch, and geographic location while 
permanent magnetization does not The cancellation of 
the ship's magnetic fields through magnetic treatment 
only {flash deperm) must be tailored to a particular head- 
ing and for a particular value of the earth's magnetic 
field; hence, it is only effective for the positions on the 
earth's surface where the earth's magnetic field has a 
certain value. When the ship moves to a place where the 
earth’s magnetic field is different, the cancellation is not 
as complete and the ship is not as well degaussed. For 
this reason, degaussing by magnetic treatment alone is 
not extensively used on ships having other than limited 
operating areas. 

Degaussing by electric coils is accomplished by install- 
ing one or more coils in the ship through which a direct 
current is passed to produce a magnetic field that is as 
nearly as possible equal and opposite to the magnetic field 
produced by the induced and permanent magnetization of 
the ship. Since the magnetic field produced by the ship’s 
induced magnetization changes with heading, roll, pitch, 
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Fig. 29 Typical degaussing coil arrangements 


and geographic location, the magnetic field produced by 
the degaussing coils must be continuously controlled to 
be effective. The magnetic field produced by a coil is pro 
portions! to its ampere-turns, the product of the number 
of turns in the coil and of the coil amperage. Therefore, 
when the ship changes heading or position, the ampere- 
turns in the degaussing coils are changed by changing 
the amperage, thus varying the magnetic fields ot the 
coils and compensating for the change in the induced mag- 
netization of the ship. , 

11.3 Shipboord Degoutiing Installation. A shipboard 
electric degaussing installation consists of the following 
major components: 

• degaussing coils, . 

• power supply /supplies to provide direct current for 

the coils, . 

• control equipment to control the current m the coils, 

and 

• compass compensating equipment to prevent a dis- 
turbance of the magnetic compasses by the mag- 
netic field produced by the degaussing coil. 

Different degaussing coils are required to completely neu- 
tralize the permanent and induced magnetization of a 
ship. One or more coils may be installed, depending on 
the effectiveness required of the degaussing system. A 
multiconductor coil is one in which multiconductor cable 
is used for the coil. Each loop of the coil has a considerable 
number of turns connected in series, and all the loops are 
connected in series to form one coil. 

a. Steel-hull surface ships. The coil arrangements 
used with steel-hull surface ships are typically as follows: 

“M» coil ( main coil). The “M” coil consists of one or 
more horizontal loops normally installed below the main 
deck at the skin of the ship, as shown by Fig. 29(a). On 
tankers and other similar ships where it is impractical to 
install the “M” coil internally, it is installed on the weather 


deck. The function of the “M” coil is to produce a magnetic 
field that counteracts the magnetic field produced by the 
vertical permanent and induced magnetization of the ship. 

“F” and “Q” coils (forecastle and quarterdeck coils). 
On older ships, the degaussing coil installation uses an 
co ii an d “Q” coil. The “F” coil has one or more approx- 
imately horizontal loops in the forward one third or one 
fourth of the ship, usually just below the forecastle or 
other uppermost forward deck. The “Q” coil has one or 
more approximately horizontal loops in the after one third 
or one fourth of the ship just beneath the quarterdeck 
or other uppermost after deck. The “F” and “Q coils 
neutralize the permanent and induced longitudinal mag- 
netization* 

“FLQI” and il FP-QP” coils (forecastle induced-quar - 
terdeck induced permanent-quarterdeck permanent 
coils More recent installations utilize split coils, where 
the coils formerly known as “F” and “Q” are divided into 
two coils each. The "FI-QI” coil consists of the FI and 
Qr coils connected in series and neutralizes the induced 
longitudinal magnetization; the “FP” and ”QP” coils con- 
nected in series neutralize the permanent longitudinal 
magnetization, as illustrated by Fig* 29(6)* 

"A” coil (a thwartship coil). The “A" coil consists of 
one or more loops installed in a vertical fore-and-aft plane, 
as depicted in Fig. 29 (c). The “A” coil neutralizes the in- 
duced and permanent athwartship magnetization* 

b* Wooden-hull surface ships (minesweepers — with- 
out auxiliary coils)* Wooden-hull surface ships typi- 
cally have the following coO arrangements; 

“M” coil (main coil). The “M” coil consists of series- 
connected horizontal loops and compensates for induced 
vertical magnetization. 

” coil (athwartship coil). The “A” coil consists of 
series-connected loops in longitudinal vertical planes and 
compensates for induced athwartship magnetization* 
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U L” coil (longitudinal coil). The ”L” coil consists of 
series-connected loops in vertical athwartship planes and 
compensates for induced longitudinal magnetization. 

4 F” coil (permanent coil). The “P” coil is made up of 
conductors in the “M,” "A/' and “L” coil cables that are 
connected in series to form the "P” coiL The ”P” coil 
compensates for the permanent vertical, athwartship* and 
longitudinal magnetization. 

c. Minesweepers having auxiliary coils. Mine- 
sweepers with auxiliary coils nominally are configured as 
follows: 

“M” coil (main coil). The “M” coil consists of series* 
connected horizontal loops encircling separately each of 
the large masses of steel in the ship having an appreciable 
vertical extent The “M” coil compensates for the induced 
vertical magnetization of these masses of steel. 

“A” coil (athwartship coil). The “A” coil consists of 
series-connected loops in longitudinal vertical planes en- 
circling separately each of the large masses of steel in the 
ship having an appreciable athwartship extent The M A” 
coil compensates for the induced athwartships magnetiza- 
tion of these masses of steel. 

li L” coil (longitudinal coil). The “L” coil consists of 
series-connected loops in vertical athwartships planes en- 
circling separately each of the large masses of steel in the 
ship having an appreciable longitudinal extent, as indi- 
cated by Fig. 29(d)* The lf L” coil compensates for the 
induced longitudinal magnetization of these masses of 
steel. 

*P” coil (permanent coil). The coil is made up of 
conductors in the “M,” “A/* and ”L” coil cables that are 
connected in series to form the “P” coil. The ”P” coil 
compensates for the permanent magnetization of the steel 
masses in the vertical, athwartship, and longitudinal 
planes* 

H M AUX” coil (main auxiliary coil). The “M AUX” 
coil corresponds closely in design to the coil and 
neutralizes the induced vertical magnetization that is not 
neutralized by the “M” coil. The “M AUX” coil is installed 
under the main deck at the skin of the ship in a horizontal 
plane and consists of series-connected loops. 

'‘A AUX ” coil (athwartship auxiliary coil). The “A 
AUX” coil corresponds closely in design to the “A” coil 
and neutralizes the induced athwartship magnetization 
that is not neutralized by the “A” coil. The “A AUX” coil 
is installed in a vertical plane on the centerline encircling 
a compartment or large area. Some installations have two 
coils installed at equal distances port and starboard of the 
centerline and consist of series-connected loops* 

'% AUX” coil (longitudinal auxiliary coil). The "L 
AUX” coil corresponds closely in design to the 4i h ” coil 
and neutralizes the induced longitudinal magnetization 


that is not neutralized by the “L” coil* The ”L AUX” coil 
is installed in an athwartship plane just inside the skin 
of the ship, encircling a compartment or large area, and 
consists of series-connected loops* 

il P AUX” coil (permanent auxiliary coil). The lj P 
AUX” coil is made up of conductors in the “M AUX,” 
AUX,” and “L AUX” cables that are connected in series 
to form the “P AUX” coil. The “P AUX” coil neutralizes 
the permanent magnetization in the vertical, athwartship, 
and longitudinal planes that is not compensated for by the 
“P” coil* 

Some surface ships with wooden or fiberglass hulls 
have a coil system similar to minesweepers without auxil- 
iary coils, except for the following; 

— Individual loop power supplies. Each loop is powered 
by its own power supply and is not connected in series to 
other loops of the coil* 

—Permanent (P) loop bias. There is no separate P coil 
or loops. Each M, A, and L loop power supply has a P 
bias which is set to reduce permanent magnetization of 
magnetic mass(es) within the loop. 

1 1.4 Power Source. The degaussing coils must be en- 
ergized with direct current* Solid-state rectifiers or motor 
generator sets, such as discussed in Section 3, are used to 
supply d-c power to the coils* 

11.5 Control Equipment. Automatic degaussing con- 
trol equipment is generally installed on ships that are 
required to have their coil currents changed with changes 
in the ship's heading* When compensation is required for 
the ship's heading only, a heading signal is obtained from 
the ship's gyrocompass system. For the “FI-QI” coil, a 
signal that is proportional to the cosine of the ship's head- 
ing is derived. This signal is amplified and fed to the 
appropriate power supply so that its output is proportional 
to the cosine of the ship's heading. This is the variation 
needed to compensate for changes in induced longitudinal 
magnetization caused by changes in heading* For an ”A” 
coil, the coil current is regulated to be proportional to the 
sine of the ship's heading. 

Minesweeper installations utilize f a magnetometer 
probe to supply information for changes in heading, pitch, 
roll, and geographic location. Magnetometer-controlled 
degaussing has also been incorporated in some vessels 
with steel hulls* 

All types of gyro-controlled automatic degaussing con- 
trol equipment require manual settings for magnetic lati- 
tude and magnetic variation. For minesweepers with a 
magnetometer probe, this information is derived automat- 
ically from the probe. 

Automatic degaussing control equipment is equipped 
with emergency manual controls that are used if the auto- 
matic controls become inoperative. 
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Section 12 

Electromagnetic Environmental Effects 


12.1 The Electro magnetic Phenomena. Electromag- 
netic energy is generated by the flow of electric currents 
in and around the conductor that carries the current. This 
electromagnetic energy is emitted into the environment 
surrounding the conductor, hence the term Electromag- 
netic Environmental Effects or For a-c currents this 
electromagnetic energy pulsates at the same frequency 
as the current. The pulsating electromagnetic energy in- 
duces electrical voltages in other conducting materials, 
including other electrical /electronics equipment and ca- 
bles that are within the effective range of the pulsating 
field. Electrical voltages are also induced in a conductor 
when it moves through a static magnetic field of a magnet 
or a d-c current. 

Such undesirable and excessive electromagnetic cou- 
pling between electrical /electronics systems is called 
Electromagnetic Interference (EMI). EMI can be trans- 
mitted through conduction (through the cabling and me- 
tallic parts) or through radiation and induction. Electro- 
magnetic Compatibility (EMC) is the inverse of EMI. 
Whenever the electrical/electronic systems are designed 
and eleetromagnetically protected {isolated, shielded, etc.) 
so that there is either no electromagnetic coupling or any 
residual coupling is such that neighboring systems do not 
interfere with each other, there is a state of EMC. 

A nuclear explosion releases intense and powerful elec- 
tromagnetic energy into the environment in the form of 
an Electromagnetic Pulse (EMP), which can be of such 
magnitude as to permanently disable electronic equip- 
ment within a certain radius of the explosion. 

The shipboard electromagnetic environment is very 
complex, given the compactness of ships, the introduction 
of highly sophisticated electrical /electronics technology, 
and on naval combatants the large number of electromag- 
netic systems (both very powerful active and sensitive 
passive transmitters /receivers and antennae/sensors). 

The EMI/EMP phenomena can significantly degrade 
the performance of shipboard electrical/electronic equip- 
ment. The mutual interference of RF systems, transmit- 
ters, receivers, and antennae is of significant EMI/ EMC 
concern particularly on naval ships. Furthermore, the 
presence of high-powered RF transmitters and antennae 
introduces various hazards of electromagnetic radiation. 

The application of appropriate technology and imple- 
mentation of system design-integration techniques can 
significantly reduce if not totally eliminate EMI/EMP and 
radiation hazards and create a safe and acceptable EMC 
environment. EMC can be achieved in two ways, namely, 
by the reduction/containment of electromagnetic energy 
transmitted by the offending equipment, or through de- 
sensitizing or protecting the equipment that is otherwise 
affected by the electromagnetic environment. In practice, 
both approaches are judiciously used. References IS 


through 25 contain the most common naval requirements 
and practices applicable to E 3 and its implications on naval 
ship design. 

12.2 Sfource* of EMI. Several potential sources of 
EMI must be considered. The two external sources of 
radiated (induced) EMI are either natural or man-made. 
Natural sources of radiated EMI come from cosmic radia- 
tion, atmospheric electrical storms, and precipitation 
(rain) particles. The energy level of these sources is gener- 
ally not sufficiently high to interfere with shipboard opei> 
ation except for exterior communications. However, occa- 
sional stun spots or sun flares can generate enough 
electromagnetic energy to interfere with RF systems on 
ships. 

Man-made interference from external RF transmitters 
Is of primary concern [21]. Electronic Warfare and Elec- 
tronic Countermeasures are deliberate elements of mod- 
ern warfare to interfere with the effectiveness of the 
adversary's combat system. EMP is another external 
source of interference from a nuclear explosion at a dis- 
tance from the ship. 

There are also basically three potential sources of EMI 
from within the total ship system, namely: functional, 
hull-generated, and incidental. All electrical and electron- 
ics systems and equipment function on the principle of 
electromagnetic energy' and are thus potential sources of 
EMI under normal (functional) operation. The higher the 
frequency and power level of the equipment, the greater 
the potential for the transmission of EMI. RF equipment 
such as transmitters, cables, and antennae are of particu- 
lar concern. Static power switches (thyristors /SCRs), 
which are used in power converters, controllers, etc,, are 
also acknowledged troublesome sources of EMI. 

Hull- generated EMI is essentially from secondary 
sources of electromagnetic energy that are transmitted to 
the metallic hull from other, primarily functional, sources 
such as: 

• capacitive coupling between the hull and the electric 
cabling; 

• ground loops, where the hull is used as the common 
ground reference; and 

• RF picked up by topside metal fittings such as rail- 
ings and ladders. 

Due to the nonlinear characteristics of the metallic struc- 
tural elements and fittings, the electromagnetic energy 
transmitted is usually at different and unpredictable fre- 
quencies. 

Incidental electromagnetic energy is generated unin- 
tentionally through malfunctions and disrepair, such as 
short circuits, loose wires, ground leakages (insulation 
deterioration), damaged grounding straps, and discon- 
nected shielding. 
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12.3 Reduction/Confainment of EMI. A number of 
techniques can be used to reduce, control, or contain EMI. 
These techniques must be incorporated during the ship 
design phase, and must be carefully enforced during con- 
struction and operation to insure that they are not inad- 
vertently defeated through improper procedures. The sub- 
ject of EMI control for naval shipboard equipment is 
thoroughly discussed in references 18 and 19, 

a. Shielding* Since radiated electromagnetic emis- 
sion is a natural phenomenon that is introduced intention- 
ally or encountered unintentionally in the shipboard envi- 
ronment, shielding is the most common and effective 
technique for its containment. Shielding is used to attenu- 
ate electromagnetic energy radiating from an active elec- 
trical/electronic device to contain its emission, or to pro- 
tect an otherwise susceptible electronic device/circuit 
from surrounding harmful electromagnetic energy. 

There are three pheonomena in the interaction between 
the electromagnetic energy and a shield. Some of the en- 
ergy is reflected by the exterior surface of the shield; 
there is another element of reflection at the interior sur- 
face of the shield. Unreflected energy passes through the 
shield where it is partially dissipated as heat, as a function 
of the thickness and conductivity of the shield. The effec- 
tiveness of a shield is a function of the frequency of the 
electromagnetic energy plus the thickness and electro- 
magnetic properties (conductivity and permeability) of the 
shielding material. 

The steel hull and compartments of the ship and metallic 
equipment enclosures form natural and effective shields 
against radiated energy m the radio frequency range. 
However, discontinuities such as openings in the hull* 
compartments, or enclosures and nonmetallic gaskets con- 
stitute paths for radiated energy. Such discontinuities can 
be overcome with woven or perforated metal screens, 
wire-embedded glass, woven or spring-form metallic gas- 
kets, etc. Shielding against audio-range frequency (below 
20 kHz) requires special high-permeability materials. Ca- 
bles and wires, which carry active (radiating) signals, or 
which carry low-level signals and are thus susceptible to 
the normal (acceptable) electromagnetic environment, are 
shielded with either basket- weave or solid jacket. These 
shields must be properly grounded at the cable termina- 
tion points in accordance with the manufacturer's recom- 
mendation to be fully effective. Shielding against EMP 
requires more extensive measures in terms of attenuation 
by the shielding and treatment of discontinuities. Refer- 
ence 21 describe the shielding practices used by the U.S. 
Navy. 

b. Filtering. Filters are used extensively in active as 
well as susceptible electronics and in static power-switch- 
ing applications to reduce the effects of conducted EMI, 
to or from the device. EMI filters are frequency depen- 
dent, and are designed for specific applications. By vary- 
ing the impedances of capacitive and inductive elements 
and their arrangement, the designer can develop a filter 
for each specific application. Various filter designs are 
characterized as either low-pass, high-pass, band-pass, or 
band-reject. One of the most common low-pass filter ele- 
ments used aboard ship ts an isolation transformer; it 


attenuates spurious signals, spikes, and harmonics from 
a-c power lines in the primary winding, while allowing the 
low-frequency a-c power to pass through the transformer 
at neglible attenuation. 

Filter arrangements must be properly designed and in- 
stalled to be effective. The design and installation prac- 
tices recommended for filters include the following: 

* Filters should be shielded. 

m Leads to and from the filter must be shielded. 

* Output leads must be isolated from the input leads. 

* Filters should be installed as close as possible to the 
associated equipment. 

* Filters and associated equipment must be properly 
bonded to a common ground. 

c. Segregation. Proper physical segregation of ac- 
tive and susceptible equipment on the ship is a delicate 
challenge for the designer within the generally severe 
constraints of a ship configuration. The greater the geo- 
metric segregation between certain systems and equip- 
ment, the lesser their electromagnetic coupling and hence 
their EMI. Special attention should be given to segrega- 
tion in the following situations: 

* Active (transmitting) and passive (receiving) anten- 
nae topside. 

* High-powered active (transmitting) antennae 
topside, 

* Active high-powered transmitters or static power- 
switching equipment and susceptible electronics. 

* Cables that carry high-powered RF or pulsed energy’ 
and susceptible signal cables. 

The geometric separation of antennae is of particular 
concern on naval combatants, given the number and den- 
sity of the antennae and the power levels of the corre- 
sponding transmitters. Complex antennae models are of- 
ten analyzed and tested to establish the best compromise 
given the available topside space, 

d. Bonding and grounding. Ground refers to the 
zero-potential reference of an electric/electronic system. 
On the ship, the hull and structures bonded to the hull 
represent the ground plane. The hull Is ohmically con- 
nected to the earth through its contact with seawater; 
however, the ship and the earth's ground plane are not 
necessarily synonymous. This difference is generally ir- 
relevant, except when a vessel is directly connected to the 
earth, such as when it's tied up to a pier. In that case, the 
electric potential between the ship and shore may result 
in arcing, which can be eliminated by bonding the ship to 
the shore. 

Power distribution systems aboard ship are un- 
grounded. This means that transformers have no center 
taps connected to the ground plane, nor do three-phase 
systems have the wye-point connected to ground. Hence, 
the ship's ground plane is not intended to be part of the 
ship's power distribution system. This has important im- 
plications on personnel safety; enclosures and cabinets of 
electrical and electronic systems must be grounded. If 
they are not, the enclosures may float at a potential above 
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that of the hull, creating a potential shock hazard- Ground- 
ing these enclosures reduces the electrical potential be- 
tween enclosures and the ship’s structure and hence the 
risk to personnel. 

The circuitry of sensitive electronics, and particularly 
digital equipment, is normally grounded to a common ref- 
erence point on the chassis or the enclosure* These com- 
mon ground references between the chassis and enclo- 
sures of equipment and components within a system are 
normally interconnected through a common grounding 
network {cable, bus, etc*)* This is done since different 
ground potentials between equipment and components of 
a system or circuit would lead to ground stray currents, 
which even at very low levels can become sources of con- 
ducted EMI in very sensitive electronics* 

However, the common ground reference of a properly 
interconnected electronic system will be different from 
the ship's ground plane, because of impedance between 
the equipment enclosures and the ship's structure due to 
paint, rust, and other circumstances. W hile such differen- 
tials in ground potentials are insignificant in magnitude 
and represent no personnel hazard, they can also be 
sources of conducted EMI. Hence, proper bonding and 
grounding of all electrical and electronic equipment enclo- 
sures to the ship’s structure are necessary to reduce the 
potential effects of conducted EMI. 

Topside, it is important that all metal structural ele- 
ments and fittings be properly bonded and grounded to 
form a homogeneous hull ground plane in relation to the 
active (transmitter) antennaes. Any metallic structural 
element or hull fitting topside that is not at the hull 
ground plane due to paint, rust, or other circumstance, 
becomes a receiving antenna that will pick up RE energy 
from the nearby transmitting antennae* In addition to 
being a personnel hazard for electrical shock and bum, 
this induced RF energy will discharge to the hull either 
slowly or through arcing, both of which constitute a 
source of radiated and conducted EMI* Hence, proper 
bonding and grounding of metallic parts and fittings top- 
side are of great importance, particularly on naval ships* 


In general, the bonding and grounding techniques used, 
listed in the order of effectiveness, are as follows: 

. Welding or brazing elements, fittings, and some- 
times equipment to the hull* 

. Assuring a large and clean metal-tometal surface 
contact between the equipment and the hull* 

• Bridging the equipment to the hull with a low-imped- 
ance bonding strap* Bonding straps are either of 
bar stock or braided wire and are welded, brazed, 
or bolted to the equipment and hull* Bonding and 
grounding on U.8. naval ships are governed by the 
requirements of reference 22* 
e. Construction, operation, and maintenance. 
Carelessness during the construction, operation, and 
maintenance of a ship can render some seemingly innocu- 
ous EMI control measure ineffective, leading often to 
personnel hazards and equipment malfunctions with po- 
tentially far-reaching consequences. Portable radios and 
other consumer electronics are potential sources of EMI, 
which, when introduced in certain sensitive spaces on the 
ship, may cause equipment malfunction. This becomes 
particularly critical when an equipment enclosure is 
opened for testing, troubleshooting, or repair, exposing 
the sensitive circuitry to radiated EMI without the fully 
protective enclosure of the cabinet. Some of the more 
common causes of problems of this type are: 

, lack of detailed attention to proper bonding, ground- 
ing, and shielding requirements during construc- 
tion, maintenance, and repair (disconnected 
shielding, bonding straps, etc*); 

# maintenance of enclosure integrity, such as screens 
and gaskets, and proper closure of dogged, latched, 
or bolted doors and covers; and 

* careless and inattentive damage to bonding straps* 
12,4 Electromagnetic Radiation Hazards. The electro- 
magnetic RF energy radiated functionally and intention- 
ally by the ship's active (transmitting) antennae repre- 
sents topside hazards particularly on naval combatants 
because of the number, density, and power levelsof sue _ 
antennae associated with the combat systems* Detailed 
information concerning RF radiation hazards on naval 
ships is included in reference 25. On commercial ships, 
such potential hazards are limited in scope and severity* 


Section 13 
Shipboard Cabling 


13,1 Cobles. In general, shipboard electric cables are 
manufactured and tested in accordance with references 
6, 26, and 27 or are listed by Underwriter's Laboratories 
as Shipboard Cable, Marine. Cables for naval ships are 
required to be in accordance with references 26 and 27; 
however, cables for commercial ships are often purchased 
to these specifications as well, based on availability and 
economics, and as permitted by reference 9. References 
6, 8, 9, 11, 28, and 29 contain specific requirements regard- 
in gthe application, installation, and physical and electrical 


properties of commercial and naval shipboard cables* The 
Underwriter's Laboratory lists marine electrical cable as 
complying with, or equivalent to, IEEE-Std 4o* 

a. Cable armor. Shipboard cables may be either ar- 
mored or unarmored. The armor is provided by a steel, 
bronze, or aluminum basket weave over the outer jacket. 
Steel armor is rarely used. Bronze armor is preferred in 
damp and wet areas, such as in the weather. Aluminum 
armor has found favor on naval applications because of 
its lighter weight. The primary purpose of the armor is to 
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protect the outer jacket of the cable against mechanical 
damage particularly during the installation phase. The 
armor cannot and should not be considered an effective 
electromagnetic shield because of its random and unpre- 
dictable grounding patterns along the run of the installed 
cables. 

However, unarmored cable is often used in applications 
once reserved for armored cable, not only to reduce 
weight, but also because the mechanical properties of the 
outer jackets of unarmored cable have improved to pro- 
vide more resistance to damage* In addition, armor has 
a tendency to corrode over time, particularly aluminum 
armor, which creates a maintenance problem, and to a 
significant degree an EMI problem, particularly topside 
on naval ships* Unarmored cable is permitted on naval 
ships, and, except in some hazardous areas, the U.S. Coast 
Guard permits the use of unarmored cabling* 

b. Power and lighting cables* Three-conductor ca- 
ble must be used for all a-c 3-phase circuits to neutralize 
the inductive effect that would cause heating of adjacent 
equipment or structure* Two-conductor cables must be 
used for all single-phase circuits for the same reason* 
The largest 3-conductor cable normally installed is 400,000 
circular mils per phase. For circuits requiring ampacities 
beyond the limits of 400-MCM cables, two or more 3-con- 
ductor cables of the same size are connected in parallel; 
one conductor for each phase of the circuit must be con- 
tained in each paralleled cable* 

All portable cords must have a minimum conductor size 
of No* 16 AWG, and must be in accordance with the spe- 
cific requirements of reference 30* Types S, SO, or ST 
should be used for hard service applications; types SJ, 
SJO, or SJT should be used for portable lights, tools, and 
appliances. 

c. Signaling and control cabling. Signaling and 
control cabling for electronics, command, control, and 
communications are of the multiconductor type to contain 
most and preferably all of the signals pertaining to the 
same functional group of interconnections between two 
pieces of equipment* There are three generic types of 
cables within this category: 

1. Control cables, for conventional (nonelectronic) con- 
trol circuits having a relatively high signal strength that 
is insensitive to the normal EMI environment. These are 
available in conductor sizes of 14-18 AWG and up to 91 
individual, unshielded conductors* 

2* Control and signal cables, for circuits having a me- 
dium signal strength* These cables are configured in 
twisted pairs or triads of conductors to eliminate cross- 
coupling between signals, and are available in conductor 
sizes of 16-22 AWG and up to 60 twisted pairs of con- 
ductors. 

3. Control and signal cables, for circuits having a low 
signal strength* These cables are configured in twisted 
and shielded pairs of conductors for effective EMI 
shielding and are available in the same sizes as the ones 
described under Type 2 above* For added EMI protection, 
the complete cable may have an additional outer shield 
under the outer jacket of the cable* 


d* Determination of cable lengths. The length of 
each run of cable may be determined from wiring deck 
plans, or isometrics, using a standard map measure* In 
addition to the lengths measured from plans, the follow- 
ing allowances should be made: 

* 

* 10 ft for each vertical run between decks* 

■ 5 ft for each vertical run from overhead to bulkhead- 
mounted equipment. 

* 10 ft for each connection to a switchboard. 

In addition to the foregoing allowances, 10% should be 
added to feeders and branches to cover waste, losses inci- 
dental to making up cable ends, and for unforeseen bends. 

13.2 Cableway* and Cable Installation*. All cables 
should be continuous between terminations and, insofar 
as practicable, be routed to avoid areas where excessive 
heat, moisture, or oil may be encountered* Cables should 
not be run through oil tanks or pump rooms unless they 
are enclosed within watertight trunks; also, cables should 
not be run behind, or embedded in, heat insulation* Where 
it is necessary to pass cable through insulation, the cable 
should he run in a continuous pipe* 

Cables routed through cargo spaces should be protected 
against mechanical damage incidental to the handling of 
cargo; advantage should be taken of the protection af- 
forded by beams, girders, and stiffeners* 

Routing of cables within a radius of 15 ft from any 
magnetic compass should be limited to the necessary bin- 
nacle and local lighting circuits. Cables should be installed 
in compliance with reference 31 so as to avoid harborage 
for rats. 

For tankers, on-deck cable runs to the forepeak are 
routed either: 

* on the underside of the fore-and-aft walkway, and 
protected by steel channels or enclosed in cable 
trunks or pipes; 

* attached to a steel plate supported from the walk- 
way handrail stanchions; or 

* in a wireway-type structure on the weather deck, 
protected by steel channels with a cover, and located 
well inboard to afford protection from seas. 

Unarmored cables should not be bent to a radius of 
less than six diameters to avoid damage to the insulation* 
Armored cables should not be bent to a radius of less than 
eight cable diameters* 

Cables should be grouped and routed in main wireways 
in an efficient manner and should be supported as shown 
in Fig* 30(a), ( b), or (. c ), or in reference 29, Methods 4B151 
or 4B161. Small groups of cables should be supported as 
shown in Fig* 30(d), (/), { i ), or <j\ or in accordance with 
reference 31* Figure 30{?) shows typical methods of sup- 
porting a maximum of four small cables located behind 
joiner bulkheads and ceilings* Where cables are run on 
thin nonwatertight bulkheads, they may be secured by 
through-screws and nuts as shown in Fig. 30(i). Single 
cables should be supported as shown in Fig. 30(#) and {h). 

Cables may be secured in wireways by fitted straps, 
such as shown in Fig* 30(a), or by banding straps, as 
shown in Fig. 30(e); these straps are usually % to % in. 
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wide. Cable supports are usually spaced not more than 24 
in, apart on vertical runs and 32 in. apart on horizontal 
runs. Cable straps should secure the cable without dam* 
age to the armor or insulation. Cables should be strapped 
in position at every banger in vertical runs, and at not less 
than every fourth hanger on horizontal runs; at turns of 
horizontal runs the cables should be strapped at every 
hanger Cable hanger material not exposed to the weather 
should be steel; galvanized material is normally used in 
refrigerated spaces and galleys. Exterior cable hanger 
material should be corrosion-resisting material or steel 
with a corrosion-resisting coating, and with brass or 
bronze nuts, bolts, and washers. 

Insofar as practicable, cable runs in finished crew and 
passenger areas should be concealed. When paneling is 
fitted overhead or on bulkheads, through wiring is run 
behind the paneling and secured to the steel deck or bulk- 
head. Where heat insulation is applied to the deck or bulk- 
head, the wiring is run between the insulation and panel* 
ing, and supported as shown in Fig, 30(a) and (6), In some 
instances, when vertical cable runs are not near a steel 
bulkhead, a ladder type of frame, from deck to deck, is 
provided to support the cable, and is concealed by pan- 
eling. 

Switches, call buttons, and receptacles located in pan* 
eled spaces are usually recessed into hollow H*section 
joints. All cables to these outlets should be run overhead 
and then down in the H-section to their termination; each 
cable should be secured at the top of the H-section and at 
the outlet Wiring to light switches at entrance doors is 
run in the hollow door frames on which the switches are 
mounted. 

Where concealment of cable runs in finished areas is 
not practicable, special troughs or channels are sometimes 
used to conceal individual runs of cables to surface- 
mounted outlets; otherwise, exposed wiring should be in- 
stalled to be as inconspicuous as possible, 

13,3 Cable Penetrations, A variety of the alternative 
methods of passing cables through decks and bulkheads 
is illustrated by Fig, 31. Cable penetrations of non tight 
decks and platforms are usually through clear openings 
of adequate sizes for the cables involved. Steel collars, 
extending approximately 3 in. above the deck, should be 
provided all around the edge of the opening. 

Where single cables pass through non tight bulkheads 
or beams, and the bearing surface for the cable is less 
than % in,, a bushing should be provided as shown in Fig. 
3 1(c). Where the bearing surface is V 4 in. or greater, a 
clearance hold with rounded edges is acceptable. Figure 
31(£) shows a method of passing a group of cables through 
beams with insulation. 

Cable penetrations of watertight and airtight bulkheads 
are through stuffing tubes, as shown typically in Fig. 
31(a), (6), {d) t and (e) and Fig. 32, Gable penetrations of 
watertight decks are through kickpipes with stuffing 
tubes, except that watertight riser boxes with stuffing 
tubes are sometimes used for groups of cables not in the 
weather. Stuffing tubes are either of the terminal type or 
bulkhead type as illustrated by Fig. 32. 


Terminal-type tubes are used to provide a watertight 
cable entrance into electrical equipment enclosures; they 
are made of either brass or nylon. In general, terminal 
tubes consist of a body, gland rings, packing, and a gland 
nut or cap. A watertight penetration is obtained by tight- 
ening the gland nut or cap to squeeze the packing against 
the cable. For enclosures in, thick or thicker, tapped 
holes are provided to accept the tube male pipe threaded 
end. For enclosures less than in. thick, clearance holes 
are provided; in this type of installation, brass tube bodies 
are brazed to the enclosure, whereas nylon tube bodies 
are fastened and made tight by a locknut and O-ring as- 
sembly. 

Bulkhead type tubes are used to provide watertight and 
airtight cable penetrations through bulkheads and decks. 
Bulkhead tubes are usually steel, and are similar to brass 
terminal tubes except that the tube end opposite the gland 
nut has standard IPS female threads to accept threaded 
pipes. For passing cables through bulkheads, a pipe nipple 
of adequate length is threaded into the tube body; the 
assembly is inserted into a clearance hold in the bulkhead, 
with the tube body butting the bulkhead; the tube body is 
then welded to the bulkhead. For passing cables through 
decks, kickpipes are welded into the deck with a bulkhead- 
type tube threaded on the upper end. The height of the 
kickpipe assembly should be at least 9 in. to the top of the 
tube, with the pipe extended below the deck, or sheathing, 
as applicable, leaving approximately % in. of the pipe ex- 
posed. 

A preferred method of passing bunched cables through 
tight bulkheads is by means of a “multicable transit/* 
shown by Fig. 31(f). This method utilizes a special assem- 
bly, welded in a clearance hole in the bulkhead, through 
which several cables may be pulled. After the cables are 
pulled, they are positioned and maintained in place using 
a system of split insert blocks; the complete cable group- 
ing is made tight by applying compression through special 
bolting and plates. Cable transits may be used for passing 
groups of cables through decks, provided a riser box is 
utilized; in this application, the cable transit would be 
installed in the top of the riser box, as shown by Fig, 31 (/), 

Cable entrance into explosion-proof equipment located 
in explosion-hazardous areas must be accomplished 
through an approved seal fitting, similar to that shown in 
Fig. 32(a). Proper installation would be as follows. Nipple 
the seal fitting to the explosion-proof enclosure by a pipe 
not more than 18 in. long; remove all of the cable covering, 
except the individual conductor insulation, from the point 
of entering the seal fitting to its end; and fill the seal 
fitting with a sealing compound through the filling plug 
hole. When the compound hardens and the filling plug is 
in place, the cable entrance is explosion proof. 

13.4 Connections arid Terminals. The connection of 
wires to terminals should ensure a good electrical contact 
without damaging the conductor. All terminations should 
be made by screw connections or approved cable connec- 
tors located within equipment enclosures or wiring appli- 
ances. In general, all ship cable connections should be 
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made by solderless lugs of an approved clamp or compres- 
sion type; exceptions include twist-on pressure-type con- 
nectors with a securing device, which are sometimes used 
to make connections in lighting outlets and connection 
boxes. Cable ends of vital circuits should be sealed against 
the ingress of moisture. 

Except for final branches, which may be grounded at 
the supply end only, the metallic sheath on all armored 
cable should be grounded at each end. Where armored 
cable enters a box or wiring device, the armor should be 


continued into the box and secured by a clamp or connec- 
tor to assure good contact with the box. If this is impracti- 
cable, the armor should be grounded to the steel structure 
at the nearest cable strap. For each ground the armor and 
strap should be well cleaned at the point of contact. 

Radio, radar, and miscellaneous communication equip- 
ments have various requirements regarding grounding, 
which are specified by the equipment vendor. To ensure 
proper operation, the shipboard installation should comply 
with the vendor's recommendations. 







780 


MARINE ENGINEERING 


Stays, shrouds, and other standing rigging should also 
be permanently grounded to prevent the accumulation of 
static electricity. Rigging and railing in way of the radio 
direction-finder loop and sense antenna need not be 
grounded but should have insulators inserted every few 
feet to prevent a shielding effect caused by nearby in- 
duced radio frequency currents. 

Enclosures and frames of electrical equipment gener- 
ally have inherent grounding by support from the ship’s 
structure. When they are not attached directly to steel- 
work, special grounding should be provided. 

All portable equipment should be grounded by a sepa- 
rate conductor in the flexible supply cable and a ground- 
ing device in the receptacle and plug. Portable equipment, 
such as power tools, that are identified as “double insu- 
lated” need not have a grounding conductor in the attach- 
ment cord, 

Reference 22 provides detailed U.S. Navy requirements 
for shipboard bonding and grounding. 

13.5 Fiber-Optic Cables. Procedures for the installa- 
tion of fiber-optic cables in a marine environment continue 
to evolve. Early installations were run in rigid conduit for 
the protection of the cable. However, fiber-optic cables 
have become more rugged and need little protection other 
than what would be provided for conventional electric 
cable of comparable size. Guidance for the installation of 
fiber-optic cable in a marine environment is contained in 
reference 32. 

13.6 Cable Splicing. Cables are normally installed in 
continuous lengths; however, splices are permitted by the 
American Bureau of Shipping, the U.S. Coast Guard, and 
the U.S. Navy under specified conditions. Reference 29 
details specific cable-splicing methods that are applicable 
to naval ships. Generally, splices are approved for cables 
of exceptional length or size, at interfaces of construction 
modules, to extend circuits for vessels undergoing repair 
or alteration, and to replace a damaged section. The re- 
placement insulation must be equivalent to the original in 
thickness, electrical properties, and watertightness. 

References 7 and 28 permit splicing of electrical and 
fiber-optic cable under the following conditions: 

. Splices must be accessible for inspection. 

* Splices must be made by qualified personnel using 
approved splice kits. 

. Splices are not permitted in hazardous locations ex- 
cept in intrinsically safe circuits. 

• Splicing of fiber-optic cable must be done by ap- 
proved mechanical or fusion methods. 
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H. J. Cassee 


Piping Systems 


Section 1 

Piping System Design Development 


1.1 Introduction. Shipboard piping systems form a 
pervasive network that is required to support all of the 
ship's essential functions. These systems convey steam, 
fuel, lubricating oil, and cooling water to operate machin- 
ery, transport bulk cargo and ballast, provide for human 
health and comfort {e.g., potable-water, heating, chilled- 
water, and waste-collection systems), protect the safety 
of the ship and crew with fire-extinguishing agents and 
damage-control systems, and collect and remove pollut- 
ants, Piping systems are among the most complex ship 
systems to design and construct. 

Piping system engineers apply principles of static and 
dynamic stress analysis, thermodynamics, and fluid-flow 
theory to design safe and efficient piping networks. Be* 
yond this, they face additional challenges. Shipboard pip- 
ing systems consist of not only pipes, valves, and fittings, 
but also an array of components that condition and control 
the fluids, such as pumps, strainers, and heat exchangers. 
Piping systems also contain control valves, transducers, 
and actuators, which interact with equipment served by 
the systems and must be compatible with ship control and 
monitoring systems. Although piping-system engineers 
are not directly responsible for the design of ail these 
components, they require a basic understanding of compo- 
nent characteristics to integrate them into a properly 
functioning system. 

One of the more difficult tasks of a piping-system engi- 
neer is to define and continually update all of the system 
design requirements through progressively more detailed 
design phases. This task is difficult, partially because the 
piping system engineer initially has only a genera! under* 
standing of the components that require piping services, 
and partially because the component engineers, who are 
the source of the information, may not realize the piping 
system engineer's need for the data. Disruptions will be 
exacerbated throughout the design process if changes in 
component characteristics, additions of new components, 
and deletions of components are not communicated 
promptly to the piping-system engineer. Thus, it is tfsually 
necessary for the piping-system engineer to actively pur- 
sue the information needed rather than waiting for the 
information to be forwarded in a routine manner. 

The ship design parameters that establish the basis for 
many piping-system characteristics include the following: 

■ Ship general arrangement— The overall size, hull 
subdivision, and space arrangement are the primary bases 
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for the design of fire-protection and emergency-dewater- 
ing systems. Appropriate fire-extinguishing agents and 
distribution systems must be selected for machinery 
spaces’ storerooms, living quarters, and cargo holds. Spe- 
cial-purpose areas, such as the main deck of a crude-oil 
tanker, require specialized systems. The capacity and loca- 
tion of dewatering pumps are related to hull volume and 
the arrangement of watertight compartments. The ar- 
rangement of fuel and water transfer systems must ac- 
commodate the tankage arrangement selected by the na- 
val architect. The locations of living and messing areas 
strongly influence the design of plumbing drainage and 
collection systems. Also, the height and separation of com- 
partments served by piping systems will influence op- 
erating pressures and pipe sizes. 

• Propulsion and electric plants— The type, number, 
horsepower, and location of propulsion and generator en- 
gines establish flow rates, pressures, and filtration re- 
quirements for fuel and lubricating-oil systems. The 
power output, operating temperature and pressure, and 
relative locations of steam boilers and turbines establish 
the steam piping configuration. Propulsion and generator 
cooling requirements, together with the lesser needs of 
auxiliary equipment, set requirements for seawater and 
freshwater cooling systems. The compressed-air pres- 
sure, quality, production capacity, and storage volume 
must meet plant requirements for starting and controls. 

* Operations — The ship operating areas, trade routes, 
port turnaround time, and voyage length affect piping 
system design requirements such as freshwater produc- 
tion and disinfection, waste retention and treatment ca- 
pacities, liquid cargo and ballast flow rates, pollutant dis- 
charge limits, and tankage requirements. 

* Complement— The number of crew and passengers 
and the habitability standards selected form the basis 
for capacities of systems providing cold and hot potable 
water, sanitary flushing, and waste retention and pro- 
cessing. 

• HYAC— The heating and cooling system total capac- 
ities establish flows of the heating-steam and chilled-wa- 
ter systems. Heating and cooling loads are determined in 
part by complement, size of living and working areas, ship 
operating areas, and equipment loads. On naval ships, 
significant demands are placed on heating and cooling 
systems by electronic equipment. 
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• Mission-specific systems — The purpose and mission 
of each ship influence the capacity and arrangement of 
many of its piping systems, and often require unique sys- 
tems. Naval combat ships, specialized cargo carriers, and 
icebreakers are but a few examples. 

• Special attributes— The shipowner may require spe- 
cial emphasis on cost reduction, weight reduction, com- 
monality of equipment, or other attributes in the design 
of the piping systems. 

Approximately 70% of the value added by the ship- 
builder during construction of the more complex ships is 
related to piping systems. Thus a significant cost reduc- 
tion can be realized by applying techniques to simplify the 
design, fabrication, assembly, and installation of piping 
systems. The principles of designing for production, zone 
outfitting, and modular construction [1,2] must be applied 
beginning very early in the ship design process and must 
continue throughout all design phases. Computer-aided 
design and manufacturing techniques, while possibly in- 
creasing the initial design costs, also provide an opportu- 
nity for overall cost reductions, with the additional benefit 
of providing design data of significantly superior quality. 

1.2 System Design Phases. As outlined in Chapter 1, 
piping systems are developed in progressively greater 
detail as the overall ship design advances through four 
loosely defined phases. 

During concept design, a tentative list of requirements 
is developed based on the available, usually very general, 
ship characteristics. If sufficient arrangement details 
have been developed, a preliminary check of the sizes and 
relative locations of the spaces can be made to ensure that 
major pipe runs can be accommodated. Since insufficient 
details are available to develop independent cost and 
weight estimates at this stage, such estimates are usually 
extrapolated from data for existing ships of similar 
design. 

During preliminary design, the major piping system 
components are selected and arranged in the ship. Prelimi- 
nary estimates of system flows, pressures, and tempera- 
tures are made to support component selection. System 
parameters may change several times during this phase 
to accommodate design updates; therefore, the piping en- 
gineers must work closely with others who are laying out 
spaces, arranging machinery, and selecting equipment to 
ensure that a compatible design is maintained. Piping sys- 
tem performance requirements are determined on the ba- 
sis of the ship mission, size, operating profile, comple- 
ment, main machinery, and other factors. Component 
selection is based on meeting the performance require- 
ments within established goals for weight, cost, noise, 
shock, and reliability. Because it may not be possible to 
satisfy all requirements fully, trade-off studies are usu- 
ally necessary to select the optimum design solution. 

The approximate locations of major components and 
piping runs relative to the ship arrangement, and to each 
other, are determined during the preliminary design 
phase. These locations must be selected carefully because 
subsequent rearrangement can be prohibitively expensive 
in terms of design man-hours and schedule considerations. 
Similar or related components should be grouped (e.g., 


potable-water pumps, tanks, desalinators, and purifica- 
tion equipment) to minimize piping, ease operation, and 
facilitate off-ship assembly of equipment packages. For 
naval combatant designs, the separation of redundant 
components, for survivability reasons, is an important 
consideration. 

Sketches of the larger piping runs, ventilation ducts 
and wireways are prepared to determine space require- 
ments. As soon as a general arrangement drawing is pre- 
pared, the sizes of compartments, passageways, and 
trunks are reviewed to ensure that piping and other dis- 
tributive systems can be accommodated. The relative loca* 
tions of components that will be connected by piping are 
checked to eliminate unnecessarily long or complex runs, 
avoid pipe runs through restricted spaces, and permit 
gravity flow of fluid where required. Piping runs should 
be planned to avoid penetrating highly stressed structural 
members; otherwise, the structure will require reinforce- 
ment at the penetration. 

During contract design, the piping engineer develops 
additional details of each system within the broad outlines 
fixed during the preliminary design phase, and describes 
each system by specifications and contract plans. Specifi- 
cations are prepared in formats that are quite different 
depending on whether the ship is for U.S. Navy commis- 
sion [3], the Military Sealift Command [4], or a commercial 
owner [5]. Contract or contract guidance drawings are 
developed to illustrate spatial relationships and the inter- 
connections of system components, which may not be un- 
derstood easily from written specifications. Together the 
specifications and contract drawings define the system 
sufficiently to ensure the owner's requirements for per- 
formance and quality are understood, and to permit the 
shipbuilder to prepare a bid. Minimum requirements to be 
specified include pressures, temperatures, and services 
supplied by each system; the number, capacity, and loca- 
tion of all major components; the level of redundancy 
required for fluid sources and flow paths; piping material 
schedules; fabrication, assembly, and inspection methods 
and the industry or government standards which must be 
applied; and piping system cleaning and testing require- 
ments. In commercial practice, pipe sizes are sometimes 
established during contract design; more often, especially 
for naval ships, the determination of pipe sizes is the 
shipbuilder's responsibility. 

The specifications should be written to allow and en- 
courage the use of design features which enhance produci- 
bility . It is desirable to package complex piping assemblies 
that can be preoutfitted off the ship and installed aboard 
as complete units. Common examples are air compressors 
with their receivers, filters, and dehydrators; auxiliary 
boilers with feed pumps, water chemistry control equip- 
ment, and drain tanks; hydraulic valve control stations; 
and pressure-reducing stations. Another technique used 
to improve producibility is to specify fewer piping materi- 
als; stocking a single component made of high-grade mate- 
rial, instead of several of identical size that are made of 
progressively lower-grade materials, simplifies ordering, 
manufacturing, and handling. Flange bolting, for exam- 
ple, is commonly specified this way. 
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Study drawings are often used in complex designs, such 
as naval combatants, to ensure that the concepts de- 
scribed in the specifications are workable. These drawings 
are usually one-line piping diagrams drawn on a back* 
ground of the machinery or space arrangements. 

The first three design phases are primarily focused on 
performance and are often accomplished by the prospec- 
tive owner or his design agent. However, the detail design 
phase is focused on construction and is usually accom- 
plished by the shipbuilder. True to its name, this phase 
results in a full definition of every piping-system element, 
culminating in drawings that are used to manufacture or 
procure all parts of the systems, and install them in the 
ship. 

The piping-system diagrams, which are begun in prelim- 
inary form during the preliminary design phase and pro- 
gressively updated into detail design as more specifically 
applicable data become available, constitute a foundation 
on which the system details are based throughout the 
detail design phase. The system diagrams are used to 
ensure the systems will meet the specification require- 
ments and that all elements of the systems are compatible 
with each other and with the other design elements to 
which they are linked: e.g., controls and machinery inter- 
faces. Piping diagrams are the starting point for the de veb 
opment of all piping production drawings. Piping dia- 
grams depict system components and their inter- 
connections in schematic form, as typically illustrated in 
Sections 3 and 4. Information about the system arrange- 
ment in the ship is included to varying degrees, but is 
usually limited to the space and level on which a pipe or 
component will be located, since it is impractical to convey 
greater detail in the diagram format Diagrams also in- 
clude: 

* Component symbols 

* Material schedule 

* Component performance ratings and pump curves 

* Valve descriptions 

■ Component identification/ labeling scheme 

■ System pressures, temperatures, flow rates, veloci- 

ties, and pressure drops 

* Pipe sizes 

* Flow direction arrows 

* Identification of compartments and bulkheads 

* Characteristics of instruments 

* Operating characteristics of pressure, temperature, 

level, and flow controls 

* Notes invoking fabrication, cleanliness, painting, 

testing, and safety requirements 

* System shock and noise requirements 

* References to interfacing drawings, standards and 

procedures 

The quality and clarity of piping diagrams are impor- 
tant because diagrams serve so many functions during 
design, construction, and operation of the ship and are the 
primary means of understanding how the systems work 
and how they relate to other ship systems. Components 
and piping should be laid out in a logical fashion, with 
system flows generally from one side of the sheet to the 


other. Functional relationships should be shown dearly, 
and components of equal importance should have equal 
prominence. Primary pipe runs should be given the most 
direct paths on the sheet and be shown with heavier line 
widths. Parallel paths should be arranged as symmetri- 
cally as possible. Information about how the system oper- 
ates should be given priority over information concerning 
shipboard locations. 

Detailed piping sys tem arrangement drawings are pre- 
pared as gfeon as the diagrams are developed sufficiently. 
The format of piping arrangement drawings is closely 
related to the ship construction methods, the computer- 
aided design system in use, and individual shipyard prac- 
tices. The intended use of the drawings by the shipowner 
may also influence their format and content. Arrange- 
ment drawings depict piping, fittings, and components to 
scale as they will appear assembled and installed in the 
ship, and include complete material lists. Arrangement 
drawings are used by design engineers to review installa- 
tion details such as pipe slope and pump suction flow 
paths, and to conduct pipe flexibility and flow calculations. 
They are also used by owners and operators of ships for 
maintenance, crew training, and planning future modifica- 
tions. Piping arrangement drawings typically show only 
one system or related systems on a single drawing to 
simplify the presentation. The development of arrange- 
ment drawings must include a process for identifying and 
eliminating interferences within piping systems and be- 
tween piping and ducting, cableways, and other parts of 
the ship. For drawings that are prepared using computer- 
aided design methods, the computer software often in- 
cludes an interference checking capability. 

Construction drawings are oriented to the requirements 
of the production and installation techniques practiced 
within the shipyard. Modular construction methods are 
facilitated by the use of task-oriented drawings that cover 
all systems to be installed in a portion of the ship. These 
drawings are oriented to the activities of the construction 
tradesmen, who need not be aware of how the system 
elements they install are related to the system as a whole. 
Construction drawing types and methods of developing 
them are discussed in detail in reference 1. 

A concentrated effort to improve the producibility of 
piping systems is made during the detail design phase. 
Many of the production methods are related to the specific 
practices of the building yard, but the following guidelines 
are generally applicable: 

* Locate and orient components with respect to each 
other to minimise the piping length, changes in direction, 
and number of joints. 

• Arrange pipes to f ac il itate acces s to joints for as sem- 
bly, inspection, and testing. 

• Give priority for the most direct routing to piping 
that is large or made of difficult-to-fabrieate material. 

* Use bends instead of elbows wherever possible. 

■ Locate takedown joints at boundaries of construc- 
tion units and removable access plates. 

■ Flan piping assemblies to permit as much off-ship 
fabrication as possible. 
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• Make headers to which multipie branches are con- 
nected the same SI2e throughout their length to simplify 
fabrication, rather than reducing their size at each branch. 

Additional techniques for planning pipe fabrication 
support, installation, and arrangement in the context of 
zone production methods are discussed in reference 2. 

1*3 Space Arrangements. 

a. Main machinery spaces. The development of pip- 
ing systems within a machinery space and the machinery 
space arrangement are inseparable because the locations 
ot many machinery components are influenced by piping 

° nS, f e /u ti ° nS ' a " d piping must be ^ranged with 
knowledge of the arrangement restrictions that govern 
other components in the space. 

There is generally no optimum machinery space ar* 

that Tl. complete| y satisfy all requirements. 

!h * re f- p0nsib, i ty ? f the marine engineer to assess 
the alternatives and select one which offers acceptable 

compromises as a solution to the design problem. This is 
an iterative process. 

One of the first decisions to be made regarding the 
machinery space is its location. For many ships, there are 
often two choices: the aftermost region of the ship, or the 
region somewhat att of amidships. Machinery spaces of 
oil tankers and other ships with full lines are generally 
at the stern, thereby simplifying the design bv allowing 
shorter propeller shafting and reducing interferences 
with cargo handling. The hull lines in way of the stern 
on these ships are sufficiently full to accommodate the 
propulsion machinery; however, provision must be made 
to take on ballast water when the ship is unloaded to 
compensate for the extreme-aft position of the machinery 
and maintain a ship trim that is seaworthy. The hull lines 
sff“ h . 1 L h ; Speed carg0 and Passenger liners are usually 

heon£ nfT° P ? machinery will not. fit. within 
the confines of the stern region. For such ships the ma- 
chinery space must be located farther forward, where the 
ship is sufficiently wide. 

When developing a machinery space arrangement an 

STnZX V1SUaliZe the Ship Structure ' P*™ v alves T 
tanks and other components in the space as well as the 

pmpotaon and auxiliary machinery; develop diS 

X Li *“"* a " d pipi " g 

S the m ?J° r components; accommodate the reach 

acceL fT' ? y ' ^ C ° mf0rt 0f the operators; provide 

Permeabilitv a fo?f nanCe f nd °T haul; and ^sufficient 
P rmeability for fire-extinguishing agents 

in the initial stages of design, the arrangement is based 

whose^Zn 11 - 5 ° n,y tentative selections and 

sonahlel n S T ? y a PP rox ™ate. Therefore a rea- 
sionfl ?° Wance should be m ade for variations in dimen- 

PayToad n tTt ntlCiPa ? d de , Vel ° PmentS - In addition - smee 
SSS Te noT, S ” the machmer ‘ V space - the s P a ce 

However s,>fr- er + han neCesSary - especially in length, 
installation SpaCC must be reserved *> permit the 

cabks te " ge P,ping> wntila tio« ducting, and power 

ment* raSKS!’ ° P f ^ ^ maintenance of all equip- 

for flefSi-r "a m an and access 

ghtmg and other damage-control functions. 


Trade-offs between the components initially selected 
and the available space are sometimes required to resolve 
' For exam Ple> although horizontal pumps are 
r to support and are more readily overhauled than 
vertical pumps, vertical pumps may ultimately be chosen 
**"•.*•5 “jmpyless deck area. A choice among vert" 
horizontai shell-and-tube, and g plate- 

fvtnsM f T h t T g ? can be made t0 favor tb e space 
ailable if all other factors are satisfactory. But, such 

trade-offs must be made without compromising the sys 
2^- !fh gn reqUirements - Trade ' off s are also often neces- 

Pl2ii r/ rrang T Pipm -?’ ducting ' and components. 

a ca^rarat m ,tS Ideal Ioeation from the stand- 
pomtof maintenance operation, or access may necessitate 

direction cba nges in piping in the 
lcimty. The piping engineer must, determine which ar- 

pSr* Pr ° VideS the m ° St adva »tagBOus oveLllcom- 

* e ™ va ! clearances ^d routes should be studied to 
ascertain that components that cannot be repaired in place 
can be removed through hatches or through removable 

fSr f mdecks and bulkheads. As a last resort, 
a route to a location in the hull suitable for cutting an 

nlanned 0 n nm J Wlth ° Ut dr y dockin g the ship may be 
planned. Unshipping considerations frequently necessi- 
tate adjustments in component locations 

insulation^yj 6 * a ” owance must ^ made for thermal 
. and n01 ?f. treatment of machinery and piping 

here necessary. Diesel generator engines and gas tu r- 

noise S™ freqUe " t !; v fulI y enclosed to reduce airborne 
noise. Space must be reserved for resilient mounts for 

be siS2;f t rl3 ; ° n , na : aI ships - Clearances must 

be sufficient for normal and shock excursions, as applica- 
ole, of resiliency mounted equipment, 

^ StrU l tUml elements “ a major consider- 
be nlced rr fn ngmg mach “ er y< and piping. Stanchions must 
d k Carry °'’ erhead loads down to innerbottom 
structure; because they must land on suitably strong 

S7 a J; each efld ' their placement cannot be deter 
Sone tE ■ 0n * T Chm ^ arrangement considerations 
a f°” e ; Tbe ° 7 e “tabon and depth of frames and stiffeners 
on structural plating can adversely affect the routing of 
piping and cableways along bulkheads and underneath 
decks, requiring changes in direction of piping and addi- 

The , depth and spacin £ of frames should be 

oth£nm d f ° r piac f men 7 of Pumps, control panels, and 
other components along the shell; often the bays between 

5?Jn? S provide the only available locations for smaller 

machZw C ° mP0I,entS . A1S0 ’ the Weight and Placement of 
machinery components can affect the size of support 

beams which in turn can affect the headroom and dear- 

beZ/nik m mery underneatb - Close communications 
between those arranging machinery and those designing 
structure and piping is, therefore, essential. ? 

Headroom, clearance routes, and the location of over- 
head support structure should be planned for hoists and 
tracks to provide for the maintenance of heavy component 
parts, such as fuel and lubricating-oil purifier bowls and 
main engine replaceable parts. 
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Gratings and walkways should be located and routed 
with sufficient width and overhead clearance. Operating 
stations should be provided and located where operators 
can observe essential instruments* Continuously manned 
stations should preferably be arranged so the operator 
can stand facing forward or aft. 

Seawater pumps should be located sufficiently low and 
inboard to provide adequate suction head for all conditions 
of ship trim and motion. Sea chests should be low enough 
to avoid air ingestion, and dose to the pumps connected 
to them. Bilge pumps should be located low in the space 
for adequate suction lift 

The interconnection of components in flow paths should 
be considered to properly orient them in the arrangement 
For example, lubricating oil for the main engines typically 
passes in succession through a pump, strainer, and cooler. 
Proper orientation of the inlet and outlet of each compo- 
nent is necessary to permit a short and direct routing of 
interconnecting piping* The minimum spacing of compo- 
nents linked by piping can be influenced by the allowable 
bending radius of the piping, which ranges from 1 to 5 
times the pipe outside diameter; the difference can be 
significant in the larger pipe sizes. 

On naval ships, piping, ventilation ducts, and cable runs 
that penetrate main watertight subdivision bulkheads 
should be located above the flooding water level whenever 
possible to minimize the necessity for watertight penetra- 
tions and progressive-flooding valves. 

Suggested clearances around major components are 
given in Table L The dimensions shown are an approxi- 
mate guide to allow space for access and inspection; they 
are not normally adequate for maintenance or removal of 
machinery components. 

Main access ladders should be 24 in, wide and slope 60 
deg above the horizontal. Infrequently used ladders may 
have a width of 12 to 18 in., and a greater slope. 

The typical steam plant shown in Figs. 1 and 2 illus- 
trates the principles discussed above. The steam plant is 
the most difficult to arrange because there is little flexibil- 
ity in the arrangement of its major components. The boil- 
ers may be positioned forward of the main engines, or aft 
of and above them. The latter arrangement, as shown in 
Figs. 1 and 2, permits a shorter machinery space, but the 
effect on ship stability of the higher center of gravity of 
the relatively heavy boilers must be evaluated 

The amount of space around boilers and the routing of 
piping must be evaluated for operation as well as mainte- 
nance concerns such as boiler tube renewal and removal 
of soot-blower tubes, economizer tubes, burners, and de- 
superheaters, Boiler forced-draft blow'ers should be lo- 
cated to draw the hottest air from around the uptakes or 
the top of the machinery space casing. Forced-draft 
blower ducting occupies a significant volume and should 
be included on the arrangement drawings. 

The size and location of uptakes and intakes must be 
compatible with the topside arrangement* This is of partic- 
ular importance on naval ships because of the potential 
interference of stacks with antennas and sensors on the 
masts, and the need to locate intakes away from sea spray. 


Table 1 Suggested minimum clearances for machinery- 
space arrangements, ft-in. 

Headroom in passageways and walkways 
Minimum height 
standing 
crawling 

bending, kneeling 
Minimum width for body passage 
Minimum thickness for body passage 
Maximum depth of reach 
Intake /uptake to surrounding structure 
one side 
other 
ends 
between 
Boilers 

back to structure 
bottom to innerbottom 
bottom to frames 
top of economizer to deck above 
top of steam drum to deck above 
top of boiler to beam above 
atnwartshlp between units 
firing 

Steam turbine— all around 
Gas turbine 
sides 
one end 
other end 

between dual units 
outside dual units 
Diesel engine 
sides 
one end 
other end 
between dual units 
outside dual units 
Generator 
sides 
one end 
to switchboard 
between dual units 
Switchboard 
to structure behind 
one end 
other end 
front 

between units 
Reduction gear to bulkhead 
Piping to structure or other piping 
Piping to structure or other piping (shock-excursion 
clearance, U*S* Navy practice) 0-4 

Surface > 400 F to tank or pipe containing 
combustible fluid other than lubricating oil 1-6 

Surface > 650 F to tank or pipe containing 
lubricating oil 1-6 


The vertical and horizontal positions of the propulsion 
turbines are heavily dependent on the propeller and shaft- 
ing arrangement* The location of the propeller is fixed by 
hydrodynamic considerations but, by raking the shaft, a 
degree of freedom in locating the main engines is ob- 
tained* Moderate amounts of horizontal and vertical shaft 
rake are acceptable (see Chapter 10). As illustrated in 
Fig* l r there is scarcely adequate space beneath the main 
reduction gear for the lube-oil sump, and the main con- 
denser is so low that it is difficult to provide sufficient 
submergence for the main condensate pump without re- 
cessing the innerbottom. The main shafting is invariably 
raked upward going forward to alleviate these problems* 
If the main engines are located in the aft end of the 
machinery space, a check must be made to ensure that 
there is adequate space around the reduction gears for 
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passage and access to the gear and pinion bearings. Foun- 
dation girders for the reduction gears and main thrust 
bearing should be included in the arrangement to confirm 
that sufficient rigidity can be provided. 

The main condensate pumps must be located with suffi- 
cient vertical head below the minimum condenser hotwell 
level to prevent flashing of condensate at the impeller 
inlet Also, locating the pumps near the condenser longitu- 
dinal centerline will reduce erratic suction conditions 
when the ship rolls or lists* 

Because of the size of main condenser seawater piping, 
it should be shown on the machinery arrangement to en- 
sure sufficient space is reserved* 


When a satisfactory arrangement has been tentatively 
established for the lower level, the main operating level 
can be established. When fixing the operating level 
height, due consideration must be given to the space be- 
neath the level for piping* wire ways, ventilation ducts, 
lighting, and headroom on the lower walking level, as well 
as equipment maintenance and removal. The operating 
level located outboard on each side of the main propulsion 
unit in Fig. 2 also serves the generators, switchboards, 
distilling plants, contaminated evaporators, and other 
equipment It is desirable from an operating standpoint 
for the operating level to be at the same elevation at all 
points; however, a lower level may be required between 


788 


marine engineering 



Fig. 2 Steam plant machinery arrangement — plan view at operating level 


PIPING SYSTEMS 


789 


the turbines and over the reduction gear for access to 
bearings and to permit observation of lubricating-oil ther- 
mometers and sight-flow indicators* 

A machinery arrangement for a typical medium-speed 
diesel plant is shown in Figs. 3 and 4. The major con- 
straints on the steam plant arrangement, i.e., shaft angle, 
topside configuration, access to the reduction gear, and 
operating level layout, also apply to the diesel arrange- 
ment In addition* space must be allowed for the overhaul 
of pistons, cylinder heads, turbochargers, and other major 
component parts; for piping connections to, and mainte- 
nance of, engine-attached auxiliaries, such as cooling-wa- 
ter pumps and fuel pumps; and for the removal of tube 
bundles from intercoolers and aftercoolers. The angle and 
si 2 e of engine-exhaust connections must be considered to 
allow a direct routing of exhaust ducting; this is also a 
consideration for air-intake piping, which is frequently 
provided for the larger engines. If the plant has an ex- 
haust-gas heat-recovery system, a significant volume of 
space above the engine is needed for the boiler. If the 
engine has an integral sump, sufficient space must be 
provided to locate the tank underneath the engine* If a 
separate sump is to be provided, its location should be 
close to the engine and sufficiently low to prevent back- 
flow of oil to the engine after shutdown. If the engine or 
reduction gear is resiliency mounted, the added height 
and greater engine deflection due to the mounts must be 
taken into consideration. 

b. Other spaces. The arrangement of piping and as- 
sociated equipment outside the main machinery spaces 
entails both the development of arrangements within 


spaces, such as pump rooms, electronic equipment spaces, 
and similar areas, and the arrangement of whole-ship dis- 
tributive systems that interconnect many spaces and 
items of equipment, such as the firemain, chilled- water, 
plumbing, and potable-water systems. The same general 
principles described for main machinery spaces apply; for 
example, adequate space for access and maintenance 
must be provided, related components should be grouped, 
and the operation of each component in its system must 
be considered. The location of the galley and sanitary 
spaces relative to sanitary collection tanks and marine 
sanitation devices must allow for adequate slope, if gravi- 
ty-drain piping is used. Piping routed through living 
spaces and behind joiner bulkheads must be designed to 
provide access for inspection and maintenance. 
Distributive systems rely on supply and return mains 
to circulate or deliver fluids to many dispersed users. On 
naval combatants designed for survivability, the system 
sources are also numerous and distributed throughout the 
ship. Mains serving these systems must be run through 
the ship in paths that are as straight as possible to reduce 
the cost and weight of the system. Mains are often run 
through passageways to reduce interference with in- 
tervening spaces. Mains can also be run through trunks 
especially designed for the purpose; however, since this 
is an expensive and space-consuming option, it is used 
only when other means are not feasible. In any case, the 
piping routes must be selected and adequate space re- 
served early in the design. On naval combatants, mains 
for vital services such as chilled water and firemain should 
satisfy separation requirements both athwartship and 
vertically to decrease their vulnerability to damage. 


Section 2 

Piping Design Details 


2,1 Ganitral. Commercial engineering standards for 
piping systems, which reflect the expertise and experience 
of the professional engineering community, are published 
by the American National Standards Institute (ANSI), 
American Society for Testing and Materials (ASTM), 
American Society of Mechanical Engineers (ASME), Man- 
ufacturers' Standardization Society of the Valve and Fit- 
ting Industry (MSS), and other engineering standards or- 
ganizations; these standards are commonly invoked by 
shipbuilding specifications. Requirements unique to ma- 
rine applications, and intended to protect public health 
and safety and the marine environment, are promulgated 
by regulatory bodies including the United States Coast 
Guard (USCG), the United States Public Health Service 
(USPHS) [6], the International Maritime Organization 
(IMO), and others. In addition, requirements designed to 
ensure the safety of ships and their cargoes are produced 
by the American Bureau of Shipping (ABS) and other 
international classification societies* For U.S. Navy ships 
an entire library of military specifications and standards 
applies. In addition to the above, design practices that 


reflect the unique requirements of specific ships are often 
invoked by the ship's owner. 

This section contains an outline of the more significant 
and generally applicable piping system requirements. 

2.2 Arrangement. Piping should be arranged in a 
neat, orderly manner and should he run as directly as 
possible between the machinery and components that it 
serves. Piping should not obstruct or interfere with the 
operation of doors, hatches, or scuttles. Piping should 
permit free passage in walking areas and the unob- 
structed performance of work in designated working 
areas. The operation and control of machinery should not 
be impeded, and the interference of piping with the main- 
tenance of equipment and ship structure should be mini- 
mized. Wherever practicable, piping should be kept clear 
of removable plates provided in the ship structure for 
shipping and unshipping machinery or equipment Where 
this is not practicable, piping 4 in. nominal size and larger 
should be flanged for removal. Access to compartments 
or equipment should not be limited by the piping. 
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Fig. 3 Medium-speed diesef plant machinery arrangement — elevation at centerline, looking to port 
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Fig. 4 Medium-speed diesel plant machinery arrangement- — plan view at operating level 
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Piping should be portable in way of machinery and 
equipment that require dismantling for periodic overhaul, 
and wherever necessary for access to other piping sys- 
tems or electrical systems* Stop valves should be located 
judiciously to isolate sections of piping intended for re- 
moval during maintenance and overhaul of machinery and 
equipment, so that interference with continued operation 
of the remainder of the system is minimized. 

Piping should be located where it would not normally 
be subjected to mechanical damage* When this is impracti- 
cable, a means to protect the piping should be provided. 

Insulated piping should not be located where wetting 
due to normal leakage, condensation, or splashing is 
likely. Shielding must be provided if necessary to prevent 
wetting of insulation. 

Ample room should be provided in the arrangement to 
accommodate flexibility (see Section 2*6)* 

Piping arrangements which cause excessive turbulence 
detrimental to the system should be avoided. Turbulence 
can be reduced by using gradual transitions at changes 
in pipe diameter; using bends instead of elbows, and long- 
radius elbows where bends are not practicable; installing 
sweep tees; and installing straight pipe for a length of 
five to ten pipe diameters downstream of orifices, throttle 
valves, and pumps. This is especially important in 90- 
10 copper-nickel seawater systems, where a high local 
velocity caused by turbulence can continuously erode the 
protective oxide layer on the pipe wall and greatly acceler- 
ate corrosion. In zones where excessive turbulence cannot 
be avoided, a length of 70-30 copper-nickel piping, which 
has greater resistance to erosion, may be substituted for 
90-10 copper-nickel 

Miters should be used only where they will not cause 
objectionable pressure loss or turbulence, such as in tank 
vents or overflows. Miters are not used in pressure piping 
on U.S. Navy ships. 

Unnecessary high points {in a liquid system) and low 
points (in gas and liquid systems) should be avoided to 
prevent the formation of traps that inhibit the venting 
and draining of piping systems. 

Pump suction piping should be arranged to rise continu- 
ously into the pump suction to avoid air pockets, and 
should not have changes in direction that cause an uneven 
velocity distribution at the pump inlet [7]. 

The amount of piping led through messing and living 
spaces should be minimized. Piping in such spaces should 
be symmetrically and neatly arranged and installed in the 
most inconspicuous location practicable, consistent with 
efficient operation and maintenance of the piping system. 

Except as necessary to serve the space, insofar as prac- 
ticable, piping should not be run through medical apd 
dental spaces; chain lockers; freshwater, fuel, lubricating- 
oil, or sanitary tanks or the service areas or voids sur- 
rounding them; refrigerated spaces; electronics spaces; 
control stations; or wiring trunks and enclosures. Piping 
cleanouts should not be located in food service spaces. 

Potable-water piping should not pass through tanks 
other than those containing potable water. Piping other 
than potable water should not pass through potable- water 


tanks unless the through piping is isolated from the pota- 
ble water by a trunk or a larger pipe that is open at the 
lower end. 

Piping normally under pressure should not be led 
through unvented spaces or voids. 

Flammable-fluid piping should not be led through up- 
take spaces or spaces containing generators, switch- 
boards, or large electric motors, nor should it be located 
within 18 in. of any hot surface (one having a temperature 
under its insulation greater than 400 F, except 650 F for 
lube oil). Spray shields should be installed around all 
flanged joints, including valve bonnets and strainer cov- 
ers, where leakage could direct a flammable fluid on ex- 
posed electrical equipment or a hot surface. 

Steam and liquid piping should not be located where 
drips or sprays from leaks, condensation, or splashing 
from funnels could contact electric equipment. Where this 
is not practicable, adequate shielding of the equipment 
should be provided. In addition, flanged or union joints 
should not be installed in the vicinity of such equipment. 

Where bilge or dewatering piping is led through deep 
tanks, means should be provided to prevent the flooding 
of the compartments being served in the event of pipe 
leakage within the tanks. Such means may consist of an 
oiltight or watertight pipe tunnel; or the pipes may be of 
extra heavy thickness with expansion bends, and all joints 
within the tanks welded. 

Where a pipe tunnel is installed, the watertight integ- 
rity of the bulkheads must be maintained, and if the tunnel 
is not of sufficient size to afford easy access, valves or 
fittings should not be located within it. 

Where pipes pass through watertight or oiltight bulk- 
heads, decks, or tank tops, both the watertight integrity 
of the structure and the structural integrity of the pipe 
must be maintained. This can be accomplished using a 
welded sleeve or other penetration fitting. 

Lead or other heat-sensitive materials should not be 
used in piping systems that penetrate watertight subdivi- 
sion bulkheads, where the deterioration of such systems 
in the event of fire would impair the watertight integrity 
of the bulkheads. Piping with operating temperatures ex- 
ceeding 125 F and vacuum piping should not be located in 
the bilge area. 

Pressure gages, thermometers, level gages, and other 
instruments should be located so that they are visible to 
an operator positioned at the associated valves or other 
controls. 

Every effort should be made to locate valve handwheels 
so they can be operated conveniently. Where this is not 
practicable, remote operating gear should be provided for 
convenient operation, or the valves should have attached 
gears or extension shafts for this purpose. Valves in hori- 
zontal piping below eye level should be arranged with 
their stems pointing above the horizontal wherever practi- 
cable. 

Globe and angle stop valves may be arranged with the 
pressure either above or below the disk, whichever is more 
advantageous for operation, protection, and repair of ma- 
chinery and equipment served by the system. Examples 
of typical valves that should have the pressure under the 
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disk are boiler stop valves, root valves, throttle valves, sea 
valves, and tank valves subject to tank pressure. Where a 
valve is subject to vacuum in the closed position, the vac- 
uum should also be under the disk. 

Manifolds should be used where many pipes must be 
joined together, such as where a pump suction joins sev- 
eral tank tailpipes. Manifolds reduce the space required, 
reduce the number of field joints, and ease operation by 
co-locating valve handwheels. Manifolds may be used 
wherever globe or angle valves are satisfactory. They 
should be installed with the body just above the floor 
plates if practicable. 

Inlet piping to safety and relief valves should be short 
and direct. Where relief is to the atmosphere, open ends 
of discharge piping should be such as not to damage ma- 
chinery or equipment, or endanger personnel. Relief of 
flammable liquids should be to a suitable lower-pressure 
part of the system. Relief of toxic or explosive gases from 
containers or systems should be to the atmosphere above 
the weather deck. 

Vents from flammable fluid tanks and atmospheric re- 
liefs from toxic and inert gas systems should not termi- 
nate where their discharge can be picked up by ventilation 
or forced-draft air intakes, or where their discharge would 
otherwise damage machinery or equipment or endanger 
personnel. 

Tailpipes should terminate at the lowest point in tanks 
and should be installed in such a manner as to guard 
against their coming into hard contact with the bottom of 
the tank should the bottom of the tank deflect upward. 
The end of each suction tailpipe should be enlarged to 
provide an area not less than 1*5 times the inside area of 
the tailpipe. The height above the bottom should be one 
half the tailpipe diameter, and the tailpipe location with 
respect to adjacent plating or other components should 
provide a free suction area around the open end periphery 
of not less than 1,5 times the inside area of the tailpipe. 

All of the foregoing guidelines are desirable without 
exception; however, compromises may be necessary at the 
expense of the less -important features. 

2*3 Materials* In order for a material to perform sat- 
isfactorily in service, it must possess the following charac- 
teristics: 

• Sufficient strength or load-carrying ability at the 
operating temperature to resist the imposed loads. 

• Retention of suitable ductility and impact properties 
at all operating temperatures* 

• Satisfactory corrosion and erosion resistance in the 
media that, it contacts internally and externally. 

• Resistance to galling with mating materials in mov- 
ing contact. 

• Inability to contaminate fluids contacted internally 
or externally* 

Additional factors that influence piping-system mate- 
rial selections include initial cost, durability (life-cycle 
cost), ease of making joints, fitting compatibility, weight, 
availability, and lead time required for production. Often 
more than one material is suitable for an application, in 
which case the relative importance of all factors must be 


weighed to determine the preferred selection* Successful 
experience is an important consideration in the selection 
of materials. 

Mechanical properties of metals (castability, forgeabil- 
ity, maehinability, weldability) must be evaluated for each 
specific application; a metal generally classified as "cast- 
able" may be suitable for one type of casting but not for 
another. 

Plastics and composite materials offer advantages of 
lower weight and cost and freedom from corrosion com- 
pared with metals. The materials in this category com- 
monly used in shipboard piping are polyvinyl chloride 
(PVC) and glass-reinforced plastic (GRP), which is also 
known as reinforced thermosetting resin plastic (RTRP), 
However, the use of these materials is severely restricted 
on both commercial and U.S. Navy ships because they are 
more susceptible to fire damage than metals and may 
produce toxic gases. Because nonmetallic materials are 
not electrically conductive, means must be provided to 
prevent a buildup of spark-inducing static charges when 
they are used for flammable fluids. All changes in direc- 
tion must be made with fittings rather than bends, requir- 
ing more joints than a metal system. Also, most piping 
made of plastics or composites has a lower structural 
rigidity than metal piping, reducing its ability to resist 
loads imposed during transport, assembly, and service. 

In many cases, contamination of the contained fluid by 
the piping material must be avoided* As examples, copper 
is preferable to steel for compressed air systems, where 
rust would be detrimental; and in most electronic cooling- 
water systems, copper-nickel is preferable to stainless 
steel because it has a lesser tendency to transmit metal 
ions into solution, thus maintaining a low conductivity of 
the cooling water. 

Seawater piping requires special attention because sea- 
water causes severe corrosion and erosion of many met- 
als* The mechanisms are complex and their effects vary 
widely depending on temperature, whether the seawater 
is moving or stagnant, the amount of flow turbulence, the 
seawater oxygen content, and the chemical composition 
of the pipe [8], Also, seawater is conducive to the growth 
of marine organisms that can quickly obstruct flow pas- 
sages, especially in warmer climates. Steels are especially 
susceptible to seawater corrosion* Although galvanizing, 
epoxy coatings, or rubber linings can be used to increase 
the service Jives of steels in a seawater environment, these 
measures are expensive to implement and difficult to 
maintain. 

The 90-10 copper-nickel alloys form a protective oxide 
layer, which prevents further corrosion of the underlying 
material, and this characteristic is beneficial in many ap- 
plications. However, the formation of the protective oxide 
layer can be inhibited if: the piping is exposed to seawater 
which contains pollutants, primarily sulfides; the pipe wall 
has deposits of oil, grease, or brazing flux; or the pipe has 
been heated too hot or too long during bending, welding, 
or brazing. The copper content of these alloys is toxic to 
marine growth and so prevents fouling* 
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fable 2 Typical piping materials 

Commercial 

Service Applications U.$, Navy Applications 


Seawater (dry 
firemain, 
bilge, ballast.) 
Seawater (cool- 
ing, wet fire- 
main, distiller) 
Freshwater 
cooling 
Potable water 


carbon steel, galva- 
nized 

90-10 copper-nickel 
GRP 

carbon steel 

GRP 

copper 


Chilled water 


Lube oil 


GRP 

W r 

GRP 

carbon steel 


Fuel (diesel en- carbon steel 

gine, boiler) 

Fuel (j|as * * - 

turbine) 

Fuel (aviation) 


Cargo oil 

Cargo JP-5 

Steam 

Condensate 

Feedwater 
Plumbing drains 
(freshwater) 

Plumbing drains 
(seawater) 

Plumbing vents 


Compressed air 


Gas turbine 
bleed air 
Hydraulics 


Refrigerant 

Cryogenic fluids 
Carbon dioxide 
fire 

extinguishing 
Seawater sprin- 
kling 

Foam fire extin- 



carbon steel 
ductile iron 


alloy steel 
carton steel 
carbon steel 
copper 
carbon steel 
carbon steel 
PVC 
GRP 

carbon steel 

PVC 

GRP 

carbon steel 

PVC 

GRP 

carbon steel 
copper 


stainless steel 

carbon steel 
stainless steel 
copper 

copper 

stainless steel 
carbon steel 


carbon steel 

carbon steel, galva- 
nized 


90-10 copper-nickel 
GRP (non-vital services) 

90-10 copper-nickel 
GRP (non-vital services) 

stainless steel 
90-10 copper-nickel 



90-10 copper-niekel 
co^er 

carbon steel 
stainless steel 
carbon steel 

stainless steel 

90-10 copper-nickel 
70-30 copper-nickel 
earbon steel 

90-10 copper-nickel 
70-30 copper nickel 
alloy steel 
carbon steel 
carbon steel 

carbon steel 
copper 


90-10 copper-nickel 


carbon steel 

GRP 

copper 

90-10 copper-nickel 
copper 

stainless steel 

GRP 

stainless steel 


carbon steel 
stainless steel 
copper 

90-10 copper-nickel 
copper 

90-10 copper-nickel 
stainless steel 
copper 
carbon steel 


90-10 copper-nickel 

90-10 copper-nickel 

90-10 copper-nickel 
stainless steel 


Titanium is also highly resistant to corrosion, and has 
greater strength and erosion resistance than copper- 
nickel, making it especially suitable for high-pressure and 
high*velocity seawater applications. Unlike copper-nickel, 
titanium is not toxic to marine organisms; therefore, other 
means of preventing fouling may be necessary. Some pro- 
visions include draining the system when not operating, 
maintaining sufficient velocity to prevent adherence of 
marine organisms, and continuously injecting a biocide, 
such as chlorine, into the system. 


Plastic piping materials are impervious to seawater cor- 
rosion. Since they are not toxic to marine growth, means 
of preventing fouling as discussed for titanium may be 
necessary. 

Galvanic corrosion can severely attack metals that are 
exposed to an electrolyte. To minimize effects of galvanic 
corrosion, the following factors should be considered 
when designing piping systems in seawater service: 

• Reduce the potential differences between metals by 
selecting rrfeterials close together in the galvanic series 
or select metal combinations where one member polarizes 
easily* 

• Avoid bimetallic couples where possible, by insula- 
tion or by the proper choice of materials. 

• Where bimetallic couples cannot be avoided, keep 
the cathodic (noble) metal area small in relation to the 
anodic metal area. Important items such as fasteners, 
valve seate, and critical components should be the cathode 
in a bimetallic system. 

• Paint or coat large cathodic areas, 

• Specify fabrication procedures that require mill 
scale to be removed from steel surfaces. 

• When using stainless steel, avoid regions that will 
contain standing water, and provide compensation where 
crevices are unavoidable, 

• Waterproof all faying surfaces involving stainless 
Steel with other bimetallic, connections. 

« Structures receiving cathodic protection should be 
electrically bonded together to provide low-resistance con- 
nections. 

• Provide proper drainage to prevent an accumulation 
of standing water. 

• When a nonferrous pipe or valve is connected to a 
steel overboard discharge connection or sea chest, install 
a replaceable steel waster piece of at least 0,37 5-in. tvall 
thickness between them to protect the shell plating, sea 
chest, and discharge connection from galvanic attack. 

Typical material selections for piping systems in naval 
and commercial service are given in Table 2. Material 
selections for naval applications differ from commercial 
practice to provide greater life, reduced maintenance, and 
increased shock and fire resistance. Since the operating 
conditions of individual ships vary widely, cost and dura- 
bility are not assigned the same importance for all ships. 
Nevertheless, Table 2 can be used as a general guide. 

Material for valves and fittings should be compatible 
with the associated piping material to provide similar 
strength, facilitate joint fabrication, and control galvanic 
corrosion. Typical combinations are: 


PIPE MATERIAL VALVE AND FITTING MATERIAL 


steel 

stainless steel 
copper-nickel 

copper 

GRP 


steel, ductile iron 
stainless steel 

bronze, Monel, copper-nickel, 
ductile iron 
bronze, copper 
GRP, metallic 
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The material for valve trim (seat, disk, stem, and other 
critical internal parts) is commonly different from the 
body material when an increased local resistance to corro- 
sion, erosion, wire drawing, and galling is necessary. As 
examples, Monel trim is often used in valves for seawater 
service and Stellite, a cobalt-base alloy, is frequently used 
to face valve seats and disks in high-pressure steam ser- 
vice and in control valves where there are severe throt- 
tling conditions* 

Piping system materials are generally specified in a 
material schedule, which is prepared concurrently with 
the system diagrams. Representative material schedules 
are given in reference 9 for U S, Navy surface ships and 
reference 10 for commercial vessels. 

Piping materials are discussed further in Chapter 22. 

2*4 Pip© She© Selection* Pipe sizes are selected pri- 
marily so that: (a) flow resistance in a system is such 
that, design flow rates and pressures are achieved using 
reasonable pump or compressor ratings (or, for gravity 
flaw, reasonable gradients), and (b) the accompanying 
fluid velocities do not produce unacceptable turbulence, 
erosion, or noise. When more than one pipe size will satisfy 
these conditions, additional factors such as weight, space, 
and ease of fabrication may be considered, which usually 
results in the selection of the smallest suitable sizes. 

Ideally, pipe sizes and pressure sources (such as pumps 
or compressors) should be selected simultaneously, per- 
mitting a balance to be achieved between the installation 
cost and the operating cost of the system. The result 
would be an optimum design that does not have oversized 
pipes (requiring excessive weight and space) or under- 
sized pipes (resulting in excessive driver horsepowers). In 
practice, the ratings of pressure sources are often estab- 
lished so that their costs and space requirements can be 
determined and adequate lead time for manufacture can 
be provided well before the pipe sizes are selected. It is 
then the responsibility of the piping engineer to select pipe 
sizes that are compatible with the design characteristics 
previously selected. 

A suitable margin should be added to the calculated 
system resistance when selecting source pressures and 
pipe sizes. The size of the margin should consider deterio- 
ration of the pressure source over its expected life, in- 
creases in piping resistance due to biological fouling or 
scaling from corrosion, and expected growth in system 
demand. 

Pipe sizes should ensure rated flow to each component 
during all operating conditions wherever possible. Ori- 
fices or throttle valves should be used only where neces- 
sary to regulate flow, or to correct unavoidable imbal- 
ances where a main serves two or more components 
through parallel piping circuits. Pressure losses through 
piping and components in parallel paths should be such 
that it is not necessary to install a restriction in the path 
to a component requiring the greater flow (such as a 
main condenser) to ensure adequate flow in the path to a 
component requiring the lesser flow (such as a lubri- 
cating-oil cooler)* 

For a system containing a pump, pipe sizes must be 
selected with consideration to both the pump total head 


(defined as the rated pressure differential between the 
pump suction and discharge connections) and the required 
pump suction head. The total system pressure loss includ- 
ing the pump suction piping loss must not exceed the 
pump total head. In addition, the total pressure loss in 
the pump suction piping must not reduce the net positive 
suction head available at the pump suction below the net 
positive suction head required by the pump. This is of 
particular concern when the fluid has a high vapor pres- 
sure (e.g., feedwater) or is highly viscous (e.g., lubricating 
oil), or when the pump is located above the fluid source. 
The total pressure loss includes both the flow resistance 
and the net static pressure change due to elevation. Chap- 
ter 14 contains further details concerning these considera- 
tions* 

Low ambient temperatures are frequently encountered 
when starting and operating shipboard systems, which 
result in significantly higher resistances due to an in- 
crease in fluid viscosity. Cold start-up conditions often 
determine the worst-case resistance* Consideration of low 
temperatures is particularly important in the design of 
fuel, lubricating-oil, and hydraulic systems. 

To prevent an ingress of air in closed-circuit piping, such 
as chilled-water systems and freshwater cooling systems, 
particular attention should be paid to maintaining a posi- 
tive gage pressure throughout the system under all op- 
erating conditions, especially when the system has a high 
vertical loop. 

Pipe sizes are usually determined iteratively. As the 
first step, trial sizes are selected to obtain reasonable fluid 
velocities. Table 3 contains velocities that have been found 
to be satisfactory in sendee. The upper limits were estab- 
lished to avoid excessive turbulence, erosion, and noise. 
For seawater piping, a minimum velocity of 3 fps is desir- 
able to discourage the attachment of marine organisms. 

The second step is to calculate resistance for the trial 
pipe sizes using design flows. The resistance is calculated 
for each flow path and each operating condition. The sum 
of the flow resistance (dynamic loss) plus elevation change 
(static loss or gain) in each flow path plus the required 
pressure at the terminal point is compared with the pres- 
sure available at the source. The trial sizes are adjusted 
and resistances recalculated until the source pressure is 
equal to or greater than the resistance for the worst-case 
condition. A final check should be made to ensure that the 
velocity in each pipe segment is satisfactory* 

While the above procedure can be used to determine 
pipe sizes, it cannot necessarily be used to predict actual 
flows or operating pressures in the system. However, 
such predictions may be necessary when parallel paths 
must be balanced (such as in a sprinkling grid), when 
operating pressures or velocities must be known accu- 
rately to determine control settings, when pipe sizes must 
be optimized to minimize weight, or when operating pa- 
rameters for other than the design condition must be 
known. For these situations, a flow network analysis can 
be used. Using this method, preliminary pipe sizes are 
estimated first, as before, and then calculations are made 
for iteratively assumed flows in each path until the calcu- 
lated resistance exactly matches the pressure available to 
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Table 3 Design fluid velocities for piping 


Fluid Velocity, fps 

Service 

Nominal" 

Limit 

Condensate pump suction 

Td 

3 

Condensate pump discharge 

3sfd 

8 

Condensate drains 

0.3 Jd 

1 

Hot- water suction 

a/5 

3 

Hot-water discharge 

3'Jd 

8 

Feedwater suction 

1.3 VS 

4 

Feedwater discharge 


10 

Cold freshwater suction 

3a/5 

15 

Cold freshwater discharge 


20 

Lube-oil service pump suction 


4 

Lube-oil discharge 

2VS 

6 

Heavy-fuel service suction 

a id 

4 

Heavy-fuel service discharge 

l.ovVi 

6 

Heavy-fuel transfer suction 

\7i 

6 

Heavy-fuel transfer discharge 

2a/3 

15 

Distillate-fuel suction 

2-Jd 

7 

Distillate-fuel discharge 

5a/S 

12 

Hydraulic-oil suction 

1.5 ■Jd 

8 

Hydraulic-oil discharge 

8a/5 

20 

Seawater suction 

s7d 

12 ic 

Seawater discharge 

5\id 

12* c 

Steam, high pressure 

oOVrf 

200 

Steam exhaust, 215 psig 

75a/S 

250 

Steam exhaust, high vacuum 

7 S'/d 

330 


a d is the pipe internal diameter in inches , 
b 9 fps for galvanized steel pipe. 

r Seawater velocity in titanium and GRP piping may exceed these 
limits without detrimental erosion; however, friction losses, tur- 
bulence, and noise may still be limiting factors. 


Table 4 Supply fixture unit values 


Fixture 

No. of Fixture 

Units 

Lavatory 

2 

Service Sink 

3 

Shower 

4 

Urinal w/ flush valve 

5 

Water Closet w/ flush valve 

10 


cause flow, thus corresponding to the actual flow in the 
path. When performing a flow network analysis, valve 
and fitting losses should be represented as K factors (dis- 
cussed later) rather than as equivalent lengths to improve 
accuracy, because equivalent lengths vary with the flow 
rate while K factors are independent of flow rate. 
Systems providing so-called “hotel services/' i.e*, hot 
and cold potable water and waste and soil drains, are 
subject to peak loading at various times of the day, as 
well as unequal loads in various portions of the system. 
Establishing the appropriate design flow for most seg- 
ments of piping in these systems is not a rigorous proce- 
dure. Such piping is normally sized using the fixture-unit 
method* For supply systems, each fixture is assigned a 
supply fixture unit value, as indicated by Table 4. The 
total number of fixture units connected to each segment 
of piping is used to determine the flow for sizing that 
segment in a relationship shown by Table 5, The flow 
values given by Table 5 reflect a decreasing probability 


Table 5 Supply flow corresponding to total fixture units 


Fixture 

Units 

Flow, 

gpm 

Fixture 

Units 

Flow, 

gpm 

10 

27 

70 

58.5 

12 

28.6 

80 

62 

14 

30.2 

100 

67.5 

IS 

33.4 

120 

72.5 

25 

38 

140 

77.5 

30 

41 

160 

82.5 

35 

43.8 

ISO 

87 

40 

46.5 

200 

91*5 

50 

51,5 

225 

97 

60 4 

55 

250 

101 


Table 6 Drainage fixture unit values 


No* of Fixture 

Fixture Units 



Lavatory 
Shower 
SeYvice sink 
Scpllery sink 
Urinal 

Water closet 

1 

3 

3 

4 
4 
8 


Table 7 

Drain pipe 

size corresponding to total fixture units 

Pipe 

Size, 


Maximum Connected Fixture Units 

Drain Pipe Pitch, in. per ft of horizontal distance 

in. nps 

Y* 

% 


2 

» * * 

21 

26 

2.5 

* . . 

24 

31 

3 a 

30 

35 

45 

3* 

40 

50 

60 

4 

180 

216 

250 

5 

390 

480 

575 

6 

700 

840 

1000 

8 

1600 

1920 

2300 

10 

2900 

3500 

4200 


With not over two water closets connected. 
b With no water closets connected. 


that all fixtures will require a maximum supply simultane- 
ously as the number of fixture units increases* Standard 
pressure loss calculations can then be used to determine 
the required size of the supply piping. For drainage sys- 
tems, each fixture is assigned a drainage fixture unit 
value, as indicated by Table 6. The approach to sizing 
drainage pipes is similar to that for supply piping; how- 
ever, since drain piping does not run full, the pressure 
loss is more difficult to determine* Therefore, Table 7 
shows that instead of using the total fixture unit value to 
determine a drainage flow, the total fixture unit value is 
converted directly to a pipe size as a function of the pitch 
of the drain pipe. Additional details concerning fixture 
unit values and their application are contained in refer- 
ence 11* 

Pipe flow resistance depends on the flow rate, pipe di- 
mensions and roughness, and the properties of the fluid. 
The tools of analysis are derived from the momentum 
relation (an expression of Newton's second law), the conti- 
nuity equation (an expression of conservation of mass), 
a friction factor, the general energy equation, and the 
equation of state. The first three of these may be com- 
bined to form the following differentia] equation, which 
describes the condition of fluid in motion: 
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where 

p = fluid pressure, lb/ft 2 

y — fluid density, lb/ ft 3 

V — fluid velocity, fps 

g = acceleration of gravity, ft/ sec 2 
z = elevation of fluid, ft 

r = fluid frictional shear stress, lb /ft 2 

E — mean hydraulic radius of flow channel (area/ 
wetted perimeter), ft 
L = pipe length, ft 

If the flow is horizontal or the fluid is a gas, the third 
term can be dropped. Additionally, if the fluid is a liquid 
and there are no significant changes in flow area, the 
second term can be dropped. The remaining terms can 
be integrated to obtain the following expression for the 
pressure loss, A p, over a length of pipe, A L: 


Ap = ^ AL (2) 

K 

The fluid frictional shear stress at the pipe wall is de- 
fined as: 


T 


1 V 1 


(3) 


where / is a dimensionless friction factor. R is defined as 
one-fourth the pipe diameter, d, for a circular pipe flowing 
full; therefore, the head loss, h Lf over a length of pipe can 
be determined from equation (2) as 




A p L V 2 

T ~ f dTg 


(4) 


The use of equation (4) is not confined to incompressible 
fluids (i*e*, liquids); it can also be used for compressible 
fluids (he., gases) when the pressure difference along the 
pipe is so small that the fluid density is nearly constant 
between the points of interest. In the design of main steam 
piping, for example, equation (4) can be used because 
there is a negligible change in fluid density between the 
superheater outlet and the turbine throttle. On the other 
hand, boiler escape piping offers an example of a system 
for which equation (4) is inaccurate when applied directly 
because of the large pressure loss, and hence steam den- 
sity change, in the piping. For such situations, the system 
losses can be calculated with reasonable accuracy using 
equation (4) if the piping is broken into segments, with 
each segment having a change in pressure no greater 
than 10% of its inlet pressure. 

For laminar flow, the friction factor is a function of 
Reynolds number (i.e., of pipe diameter and fluid velocity, 
density, and viscosity). For turbulent flow, the friction 
factor is also a function of the roughness of the pipe wall. 
Empirical values such as those of Moody [12] are used to 
determine the friction factor for new pipes of various 
materials. Increases in pipe roughness during service due 
to fouling by marine growth or scaling from corrosion 
should be taken into account by use of appropriate 
roughness values [13]* 


Valves and fittings behave differently than straight 
pipe in that their flow resistance is primarily caused by 
turbulence, changes in direction, and changes in velocity 
of the fluid rather than frictional shear stress* Empirical 
studies [14] show that the resistance of a valve or fitting 
can be expressed as a resistance coefficient, or U K factor/ 5 
representing the number of “velocity heads" lost through 
the component, that is: 

**-'0 (5> 

The K factor is essentially independent of friction factor 
and Reynolds number. Values of K for common valves 
and fittings are given in standard handbooks [13,14]* 

Occasionally, it is convenient to represent the resistance 
of valves and fittings of a given size as a nondimensional 
“equivalent length,” or “L/o?," equal to the length of the 
same size straight pipe (expressed in diameters) that 
would produce the same resistance. L/d values are deter- 
mined by relating equations (4) and (5) as follows: 

'-/(s) (6) 

Since the L/d value for a given valve or fitting varies with 
friction factor and Reynolds number, the system engineer 
must correct the value whenever the flow conditions 
change, especially if flow departs from the fully turbulent 
regime. 

The resistances of strainers, heat exchangers, control 
valves and other components are usually available from 
manufacturers. The resistance of control valves can also 
be estimated using the resistance value for a fully open 
stop valve of similar pattern (i.e*, globe, butterfly). 

When the resistance of a given piping segment for a 
certain flow is known, the effect of a change in size or 
flow rate can be quickly approximated using the following 
relationships: (a) the resistance varies inversely with the 
fifth power of the pipe inside diameter when the friction 
factor and flow rate are held constant; ( b ) the resistance 
varies directly with the square of the flow rate when the 
friction factor and pipe diameter are held constant. These 
relationships are useful for approximating the effect of a 
change before performing the next set of calculations in 
an iterative series, and for estimating the effect of a 
change to a known system. 

Since the waterline varies with the loading condition of 
the ship, analyses for sea-connected systems should be 
based on the ship displacement representing the worst- 
case condition. For example, in the case of a firemain 
system discharging to fire plugs in the superstructure, 
the lightest load condition is the worst case because it 
places the fireplugs at their greatest elevation above the 
waterline. 

For most types of piping, pipe sizes are identified using 
the term “nominal pipe size" (nps). For 12-in*-nps pipe 
sizes and smaller, the nps value does not refer to any 
specific dimension of the pipe; however, each size is associ- 
ated with a specific outside diameter. For 14-in, -nps sizes 
and larger, the nps value corresponds to the pipe outside 
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Table 8 Relationship between nominal pipe size and pipe 
outside diameter 


Nps 

Outside 
Diameter, in. 

Nps 

Outside 
Diameter, in. 

% 

0.540 

5 

5.563 


0.840 

6 

6.625 

i 

L050 

8 

8,625 

i 

1.315 

10 

10.750 

VA 

1.660 

12 

12,750 

1% 

1.900 

14 

14.000 

2 

2.375 

16 

16.000 

2% 

2.875 

18 

13.000 

3 

3.500 

20 

20.000 

4 

4.500 




diameter, as shown by Table 8. For a given nps value, 
different pipe wall thicknesses cause a corresponding 
change in the pipe inside diameter, but the outside diame- 
ter remains constant. Usually, nps sizes are intended even 
when the nps designation is not specifically stated. 

Some commercial standards describe piping for which 
the outside diameters are equal to the size stated, for all 
pipe diameters. When referring to such piping, the term 
“0D I! must be included to avoid confusion, e.g., ‘'2-in. 
OD.” 

2*5 Pipe Wall Thickness* The pipe wall thickness must 
be sufficient to withstand internal and external design 
pressures, and external loads imposed during assembly 
and operation. 

The design pressure and temperature used to establish 
the pipe wall thickness should be the highest (or most 
severe) the piping is expected to experience in service. 
These values are also used in selecting the pressure rating 
of valves and other pressure-containing components in 
the system. Different values may be chosen for different 
parts of a system; for example, pump suction piping is 
usually designed for a lower pressure than its discharge 
piping. Improper operation and component failure must 
be considered in establishing design conditions; thus, the 
relief -valve setting, rather than a pressure-regulating- 
valve setting, should be used as the design pressure; and 
stop valves or check valves should not be considered 
boundaries for purposes of establishing design pressure. 
For open-ended piping, such as steam escape piping, that 
is subject to high flows, the maximum back pressure at 
the upstream end should be used as the design pressure. 

The minimum thickness to withstand design pressure 
depends on the pipe size and the allowable stress of the 
material at the design temperature. The internal pressure 
usually determines this thickness; however, external pres- 
sure can govern for some submarine piping external to 
the pressure hull, and for some piping that is deeply sub* 
merged in tanks. External pressure is of particular con- 
cern for nonmetallic piping. The minimum wall thickness 
is established generally in accordance with ANSI/ASME 
standards [15], but requirements of the applicable regula- 
tory bodies, classification societies. Navy specifications, 
and occasionally owners must also be considered, particu- 
larly when determining the allowable stress of materials. 

Each type of piping in general use on ships is manufac- 
tured in standard wall thicknesses; these are generally 


different for each material and manufacturing process. 
The following factors must be considered in addition to 
the design pressure and temperature when selecting the 
standard thickness to order; 

* Thickness must* be such that fabrication and assem- 
bly procedures, such as threading and bending, will not 
thin the pipe wall below the minimum wall thickness under 
any circumstances. 

* For piping that is subject to corrosion or erosion, 
particularly in seawater, an allowance based on the mate- 
rial and the expected life of the piping should be added to 
the minimum thickness [8]. 

* The mill manufacturing tolerance may reduce the 
wall below the nominal thickness stated in the applicable 
standard. 

* For pipe that will be assembled by welding, the wall 
thickness should suit the welding process used, welder 
skill levels, and the welding site (shop or ship). 

* For pipe that is to be assembled using mechanically 
attached fittings, the wall thickness must be within the 
thickness range for the which the fitting was designed. 

* For open-ended and low-pressure piping, a relatively 
thin wall is adequate if the design pressure alone is consid- 
ered; however, the ordered thickness should provide suffi- 
cient mechanical strength to prevent damage by the crew 
or cargo, or operational damage after installation. 

2*6 Flexibility and Support. All piping must have suf- 
ficient flexibility to absorb dimensional changes resulting 
from thermal expansion and contraction, and motion re^ 
suiting from flexing of hull structure, resilient equipment 
mounts, and shock excursions. This flexibility must be 
provided to prevent: pipe overstress in compression, ten- 
sion, or torsion; overload of piping supports; excessive 
bending moments at joints; and excessive design loads on 
equipment to which the piping is connected. The necessary 
flexibility must be provided without exceeding the motion 
tolerance of supports or allowing piping to strike adjacent 
structure. 

The flexibility of piping depends on: its size, wall thick- 
ness, and material; the number and location of changes in 
direction; and the type and location of supports. The 
amount of movement that must be absorbed by the piping 
depends on the operating temperature range, the struc- 
tural flexibility of the ship, the movement of piping attach- 
ment points (e.g., resiliency mounted equipment), and the 
shock inputs. Flexibility calculations are required when- 
ever reasonable doubt, exists that adequate flexibility has 
been provided. Reasonable doubt of flexibility of a two- 
anchor segment of ferrous piping of uniform size may be 
considered to exist when: 


where 

d = pipe nominal size, in. 

y = resultant of movement to be absorbed by pipe, in. 
U — straight-line distance between anchors, ft 
L = developed length of pipe, ft 

The determination of the need for a detailed analysis 
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Fig. 5 U-shaped expansion bend 


WITHOUT fits TRAIN INC fCRCES 


WITH restraining FDRC 18 


should be based on comparisons with similar successful 
systems, and should give consideration to the conse- 
quences of a pipe failure. Detailed analyses are usually 
performed for piping in services above 800 F and for sys- 
tems containing flammable or toxic fluids. 

Calculations are performed using standard techniques 
[16], and should establish the magnitude and direction of 
forces and moments at all terminal connections and at 
anchor and junction points, as well as the resultant bend- 
ing stress, longitudinal pressure stress, torsional stress, 
and combined expansion stress at all such points. The 
required travel and spring constant must also be deter- 
mined for all spring supports. 

The following configurations may lead to insufficient 
flexibility and should be avoided: 

• long, straight runs of piping between fixed supports, 

e.g., compartment bulkheads 

• local reductions in pipe cross-sectional area 

• local use of weaker materials 

• small piping in series with large piping 

• an excessive number of hangers 

For high-temperature systems, flexibility is primarily 
provided by designing bends, elbows, loops, and offsets 
into the piping run. The response to thermal expansion of 
piping containing a U-shaped expansion bend is illustrated 
in Fig. 5. The left-hand sketch shows the pipe anchored 
only at point A, allowing free expansion. When the pipe 
is heated, expansion causes point B to be displaced to B'. 
The stresses caused by expansion can be understood by 
considering the forces necessary to return the heated pipe 
to its cold position. As shown in the right-hand sketch, a 
single force is sufficient to return point B' to point B; 
however, the action of this force would result in the pipe 
having an angular deflection at this point. Since anchors 
are assumed to prevent angular deflection, a restraining 
moment must be added. The resulting expansion stresses 
in this illustration are entirely bending stresses. The 
deeper the U-bend between the anchor points, the lower 
the stresses will be for a given temperature range. 

Expansion bends are frequently installed in three di- 
mensions as illustrated in Fig. 6. Flexibility is greatly 
increased compared with a U-bend because for movement 
in any one direction, one of the three legs is in torsion. 
The additional thermal expansion in the third dimension 
usually does not offset the gain in flexibility that which 
the torsional leg provides. Three-dimensional bends can 



Fig. 6 ThrfrG’ dimension a I expansion bend 


be used to advantage whenever space limitations do not 
permit sufficiently large U-bends to reduce stresses to 
acceptable values. 

Expansion joints may also be used to provide flexibility. 
Sliding and bellows types of expansion joints absorb linear 
motion, while ball, swivel, and rotary types absorb angu- 
lar motion. Since expansion joints are generally less reli- 
able than pipe, they should be installed only if the piping 
configuration required to accommodate the temperature 
range will not fit in the space available, if it would cause 
unacceptable pressure losses, or if it would require an 
inordinate number of joints. The cost of maintaining 
expansion joints can be significant and should be con- 
sidered. 

The motion of resiliency mounted equipment is often 
accommodated by installing flexible hoses at the equip- 
ment, rather than by increasing the flexibility of the con- 
nected piping. 

Because of the vibratory movement of reciprocating 
equipment, such as air compressors, the connected instru- 
ment piping should be provided with suitable loops or 
bends to prevent fatigue failures. 

Pipe supports must be sufficient to carry the weight of 
the piping and the contained fluid, including the hydro- 
static test fluid, and the inertial loads resulting from vi- 
bration, ship motion, and shock. Pipe supports should pre- 
vent the transmission of excessive loads to connected 
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Fig. 7 Piping flangw 
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equipment, but should not restrain thermal expansion of 
the piping. 

Separate supports should be installed for heavy valves, 
strainers, and other in-line components to prevent them 
from overloading attached piping and to limit their vibra- 
tion amplitudes. This is especially important when a com- 
ponent has an offset center of gravity, such as a gate 
valve with attached motor actuator. Valve bonnet bolts 
should not be used for attaching supports unless the bolts 
have been determined strong enough for the loads. Dur- 
ing ship trials, additional supports may be found neces- 
sary to eliminate resonant conditions. 

Extra support is usually required in the vicinity of large 
relief valves to absorb the reaction forces that occur when 
the relief valves lift. 

2.7 Joints. Shipboard piping is exposed to constant 
vibration and flexing; therefore highly reliable joints are 
required. Many types of joints do not have the strength 
and durability required to operate in the shipboard envi- 
ronment for a long period without leaking. Some of the 
satisfactory joints include: bolted flange, butt weld, 
socket weld, brazed socket, reinforced branch connection, 
threaded, union, coupling, mechanically attached fitting, 
and bonded socket (for plastic and composite materials). 

The selection of joints for a given piping system Is based 
on many factors, including: pressure, temperature, cost, 
safety, ambient conditions, pipe size, pipe material, rela- 
tive ease of assembly in the shop or on the ship, ease of 
inspection and quality assurance, availability of compo- 
nents with matching end connections, skill level required 
of installers, and restrictions imposed by regulatory bod- 
ies, classification societies, and owner requirements. Must 
systems contain several different types of joints. 

The flanged joints shown by Fig. 7 are suitable for the 
full range of pressures and temperatures of shipboard 
systems. Gaskets suitable for the pressure, temperature, 
and flange mating surfaces must be selected. The bolts 
must provide adequate strength for the joint size and 
pressure, and the bolting material must be suitable for 


the ambient conditions (e.g., seawater corrosion, high tem- 
perature). 

Welded joints [Figs. 8(a) and 8{&)] are also suitable for 
all shipboard pressures and temperatures. 

Brazed joints [Fig. 8(c)] have upper temperature limits 
that depend on the pipe material and the brazing metal 
used. 

Reinforced branch connections [Fig. 8(d)] provide a 
method of attaching branches without using a fitting, 
thus reducing the number of joints per branch from three 
to two, and making easier the installation of a new branch 
on an existing pipe. These connections are designed to 
reduce the stress concentration that exists at the junction 
of the two pipes in an unreinforced connection. The con- 
nections are designed for either welding or brazing. 

Threaded piping joints, of the straight or tapered type 
[Figs. 8(e) and 8(f)], are convenient to assemble and disas- 
semble. However, compared with other joint types, they 
are more prone to leakage and crevice corrosion at the 
threads, and have less mechanical strength. Thus, on U.S. 
Navy ships their use is restricted to small sizes in systems 
that are not vital and do not contain hazardous fluids. 
Their use is limited to a lesser degree on commercial ships. 

Union joints [Fig. 8(#)] are designed to overcome the 
weaknesses of threaded joints by providing greater me- 
chanical strength and allowing use of an O-ring if neces- 
sary to Isolate the threads from the system fluid, while 
still providing easy assembly and takedown. 

Couplings are manufactured in many configurations 
[Big. 8(&) is one example] and provide an inexpensive, 
simple method of assembly without hot work. Some types 
of couplings that are not attached directly to the pipe are 
not considered secure against separation due to vibration, 
thermal movement, and flexing of the ship. Some types 
require a packing gland or other seal to prevent leakage. 
Couplings are permitted in commercial ships for specific 
applications subject to special installation procedures to 
ensure they will not separate. They are generally not per- 
mitted on U.S. Navy ships. 
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Fig. 3 Piping feints 
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Fig. 9 Median ico My attached fittings 


Bonded socket joints [Fig. 8(f)] are used with GRP pipe 
and are assembled with adhesive. 

The category of mechanically attached fittings, which 
are illustrated by Fig. 9, includes a number of devices that 
provide a firm attachment of the fitting to the pipe without 
welding, brazing, or threading the pipe. These fittings 
use various techniques including swaging, shape-memory 
alloys, flares, and ferrules that bite into or grip the pipe. 
They do not require hot work and are convenient to install, 
making them especially suitable for joints that must be 
made up on the ship. While the skill level required to 
install these fittings is less than for welding or brazing, 
many of them require unique procedures and tools for 
their installation and to verify that the joint has been 
made properly. Since the integrity of joints made with 
these fittings depends on a carefully engineered mechani- 
cal interaction between the fitting and the pipe, care must 


be taken to limit their application to the exact piping mate- 
rials, sizes and wall thicknesses for which they were de- 
signed and qualified, and to follow exactly the manufac- 
turer's assembly procedures. The use of these joints, 
especially the flared, flareless, and grip (compression) 
types, is restricted in some U.S. Navy and commercial 
applications. 

Joints that have a high resistance to fire, such as 
welded, union, and flanged joints, should be used for fire- 
extinguishing systems and systems containing flammable 
fluids. 

To increase system reliability, the number of joints 
should be minimized by using pipe bends in place of el- 
bows wherever practicable. Welded or brazed joints are 
preferable to other types, particularly in areas inaccessi- 
ble for inspection or maintenance. 

Components welded into place should be accessible for 
repair and reseating. They should be located to permit 
removal, rewelding, preheating, and stress relieving in 
the event major repair or replacement is necessary. 

Complex assemblies (e.g., a group of valves, strainers, 
and traps in a steam drain system) that cannot be repaired 
in place, and require periodic removal, should be made 
demountable by installing takedown (flanged, union, or 
threaded) joints between the root valves. One method is 
to provide a stop valve on each side of the assembly with 
one flanged end and one welded end. Where absolute 
tightness is required, such as for steam heating coils in 
fuel tanks, takedown capability may be provided by using 
brazed joints in the minimum practicable number of loca- 
tions. 

Relief, pressure-reducing, and control valves that re- 
quire occasional removal for maintenance should have 
flanged or union ends. 

Flanged and union joints should be located where they 
will be least affected by pipe bending due to thermal 
expansion, ship flexing, or other causes. Generally, this 
will require such joints to be located away from bends, 
elbows, and offsets. 
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Pipe joining fittings <e*g,, tees, elbows, reducers, and 
sleeves) must have a pressure rating compatible with the 
system piping so that the inside diameters of pipes and 
fittings will match as closely as possible* 

Appropriate measures for quality assurance must be 
applied for all joints. Welded joints require nondestimctive 
inspection and testing to varying degrees depending on 
the application. Applicable inspection techniques include 
visual, dye penetrant, magnetic particle, and radiography. 
The extent of bonding in brazed socket joints cannot be 
determined visually. For brazed joints requiring high reli- 
ability, such as in U-S. Navy systems designed for shock 
resistance, the amount of bonding between the socket 
surfaces should be determined by ultrasonic testing or 
other means* Some mechanically attached fittings require 
special jigs or gages to ensure an adequate grip or pipe 
insertion length. 

The integrity of joints must be checked after assembly 
by a hydrostatic test Shop assemblies can be tested indi- 
vidually to reduce the shipboard time required for inspec- 
tion and correction of leaks; however, a final test must 
always be performed onboard ship to check the field 
joints. For safety reasons, water is normally used as the 
test fluid unless water would contaminate the system 
{e.g., machinery lube-oil service system). The test pres- 
sure is typically 135 to 150% of the system design pres- 
sure* Gravity-drain piping is often tested by filling the 
piping with liquid to its highest point 

An air test is sometimes substituted for a hydrostatic 
test when necessary to avoid system contamination by 
liquid. Since compressed air can contain a dangerous 
amount of potential energy, such tests are conducted with 
caution to avoid a catastrophic failure in the event of a 
defective joint. It is advisable to conduct a preliminary air 
test at a pressure of about 25 psi to detect major leaks* 
2*8 Valves and Valve Operator** 
a* Check valves. Check valves should be installed 
wherever an undesired reversal of flow is possible. The 
two most common types are the swing-check [Fig. 10(a)] 
and the lift-check [Fig. 10(6)]* A lift-check valve can also 
be provided with a handwheel permitting closure of the 
valve to prevent flow in either direction; this configuration 
is called a stop-check valve. Where both stop and check 
features are needed nearby, such as at a pump discharge, 
one stop-check valve may be installed* Special check 
valves having springs, hold-open gear, or other devices 
are sometimes required by the system desip. Horizon- 
tally mounted swing-check valves should be installed in a 



c. Angle 



d- Ball 



L'l 


e. Butterfly 
Fig, 11 Stop vqIvai 


fore-aft orientation, and vertically mounted swing-check 
valves should be installed so gravity will close the valve. 

b. Stop valves. Stop valves are installed to isolate 
machinery, equipment, and piping components for system 
operation, maintenance and overhaul, and damage con- 
trol. There are four basic types of stop valves: gate, globe, 
ball, and butterfly. Each basic type is manufactured in 
many different configurations, some of which are illus- 
trated by Fig. 11. In addition, there are many specialty 
valves (e.g., diaphragm and scupper) designed for specific 
applications* 

Factors considered in the selection of stop valves in- 
clude cost, differential pressure, pressure loss, reliability, 
ease of operation, size, fire safety, and suitability for 
throttling. No single valve design is best for all applica- 
tions, even within a given system* 

Gate valves [Fig, 11(a)] provide a tight, reliable shutoff 
up to the highest pressures and temperatures in shipboard 
systems, making them especially suitable for high-pres- 
sure steam service and hull valves in sea-connected sys- 
tems. Gate valves are compact except for the bonnet, 
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which extends well off the pipe centerline* The non-rising- 
stem design is significantly more compact and helps allevi- 
ate arrangement problems. Seats and disks are metal* 
Gate valves have a relatively low operating torque and 
the lowest pressure loss of any valve type except ball 
valves. Gate valves are not suitable for throttling because 
they have an irregular relationship between the disk posi- 
tion and the flow area, they are subject to wire drawing 
of the seat and disk, and they cause excessive turbulence 
near the downstream pipe wall* 

Globe valves [Fig* 11(6)] also provide a tight, reliable 
shutoff for the full range of shipboard systems* Com- 
pared with gate valves, they generally require a higher 
operating torque, but have a shorter stem travel and thus 
fewer handwheel turns from open to shut. They have 
larger bodies than gate valves but require less height for 
the bonnet. Globe valves have the highest pressure loss 
of the four types of stop valves because of the abrupt 
changes in direction and area of the flow stream* The 
angle globe valve [Fig* 11(c)] and the Y-pattem globe 
valve provide more direct flow paths, which reduce pres- 
sure losses. The angle pattern also enables a change in 
direction without an elbow or bend. Globe-valve disks and 
seats are usually metallic and are generally repairable 
without removing the valve from the pipeline. Globe 
valves are suitable for throttling, and provide the best 
control characteristics of the four basic stop-valve types. 
They are manufactured in a configuration using a tapered 
plug for close throttling applications* Globe valves should 
not be installed where the pressure loss or turbulent flow, 
characteristic of a globe valve, would be detrimental to 
the system. 

Ball valves [Fig. 11(d)] have a relatively short actuating 
mechanism and body length, and provide a more compact 
installation than globe or gate valves* They are available 
in full-port and reduced-port configurations. The full-port 
type provides an unobstructed flow with a low pressure 
loss* Ball valves stroke from open to shut with a 9(Ldeg 
stem rotation, making them especially suitable where 
rapid operation or remote actuation, with or without 
power, is necessary* The most common configuration con- 
tains elastomer seat seals at the inlet and outlet, which 
limits the satisfactory range of service temperature* 
Metal seats suitable for high temperatures are also used* 
Ball valves should not be used for throttling. 

Butterfly valves [Fig. 11(e)] are the most compact of 
the stop valves; they have a relatively low pressure loss, 
and provide quarter-turn operation as do ball valves* But- 
terfly valves are generally of a less-rugged construction 
than other stop- valve types, which makes them more 
suited to the shipboard systems in the low end of the 
pressure range* Butterfly valves intended for applications 
requiring tight shutoff or throttling, sometimes called 
high-performance valves, must have seat materials, seal 
design, disk geometry, and disk supports suitable for such 
service. Butterfly valves are made with either metallic or 
nonmetallic seats. Butterfly valves used for throttling 
should have metal seats where the pressure loss exceeds 
50 psi or where the disk opening when throttling will be 
less than 20 deg* 


Valves should close with clockwise rotation of the hand- 
wheel or lever when facing the end of the valve stem. 

For globe and gate valves, the stem threads are prefera* 
bly external to the valve body (i.e., outside screw and 
yoke type), particularly in seawater systems, to reduce the 
effect of crevice corrosion on the mechanism. 

Globe and gate valves of the rising-stem type are pre- 
ferred because the position of the valve is apparent* 
Where a nonrising stem is used, the valve should be pro- 
vided with an indicator that shows clearly whether the 
valve is open or closed. Valves installed in tanks and oper- 
ated only by reach rods should have the indicator at the 
operating location rather than on the valve* 

Stop valves in fire-extinguishing systems, systems that 
must continue operation after a fire, and systems con- 
taining flammable fluids should have metal-to-metal seats 
and disks or, in the case of ball valves, metal seat seals. 

c. Remote stop-valve operators* A stop valve re- 
quires a remote operator if: 

• it is In an inaccessible location 

* it must be operable during an emergency and there 

may be no direct access to the valve during the 
emergency 

* it must be operated from a central location 

• its location would make it difficult for the operator 

to apply the necessary torque to the handwheel 
mounted on the valve 

As examples, fuel-tank stop valves must be closable from 
outside the machinery space to prevent fuel from feeding 
a fire; some damage-control valves on U.S. Navy ships 
must be operable from the damage-control deck to permit 
continued operation even when lower decks are flooded 
or afire; and tailpipe valves installed in cargo tanks must 
be operable from the deck above the tank* 

A valve- mounted handwheel should be provided in addi- 
tion to the remote operator unless the valve is inacces- 
sible. 

The simplest form of manual remote operator consists 
of a rigid rod (also known as a reach rod) connected to a 
remotely located handwheel. Multiple rods connected by 
universal joints or gearboxes may be used for changes in 
direction* This method is suitable for distances of 50 ft or 
more for straight runs, but the practical distance is re- 
duced by additional friction losses because of changes in 
direction* 

Lever-operated pull cables that actuate spring-loaded 
valves are suitable for small valves when the remote oper- 
ation is for closure only, such as for fuel-tank stop valves* 

Flexible-shaft valve operators, which consist of a lubri- 
cated steel shaft rotating within a casing that connects 
the valve stem to a remote handwheel, are not an effective 
means of transmitting torque* They are limited in U*S. 
Navy applications to a maximum length of 8 ft. 

A flexible-cable valve operator consists of steel cable 
sliding within a casing* A pair of cables is arranged in a 
loop to connect actuators located at the valve handwheel 
and the remote handwheel* The actuators and cables are 
arranged so that whether the valve is being opened or 
closed, the active cable is in tension* Valves are operable 
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at distances up to 200 ft depending an the number and 
bend radii of the changes in direction required* 

Manually pumped hydraulic valve operator systems 
consist of hydraulic valve actuators linked by tubing to a 
hand pump at the operating station* A single pump can 
be used to operate several valves by means of selector 
valves at the station* This type of system is used on U.S* 
Navy ships to operate ballast valves located in tanks and 
hull valves in seawater systems* 

Power valve operators must be installed when the time 
required to close a valve manually exceeds the time avail- 
able; the operating torque exceeds a manual capability; 
the system is automated; or the distance between the 
valve and operating station exceeds the limitations of 
manual devices* 

The availability of the actuating medium (compressed 
air, hydraulic pressure, or electric power) is often a major 
determinant in the selection of the power actuation 
method* Remote valve operators should allow easy discon- 
nection of a jammed remote device to permit local opera- 
tion in an emergency. Power operators should be equipped 
with protective devices to prevent injury of personnel op- 
erating the valve locally in the event of remote actuation. 

d. Relief and sentinel valves. A relief valve is de- 
signed to open when the inlet pressure exceeds a set maxi- 
mum and discharge the system fluid, thereby preventing 
overpressure* The most common type is a spring-loaded 
angle relief valve, illustrated in Fig* 12(a), but other types 
which use fluid pressure, weighted levers, or external 
pilots for their operation are also available* A relief valve 
must be installed wherever the pressure in the piping 
could otherwise exceed the pressure for which the piping 
was designed. Equipment malfunction, control system 
failure, operator error, fire, and any other normal or emer- 
gency circumstances must be considered when determin- 
ing the need for relief valves* A relief valve is usually not 
required on a system supplied by a centrifugal pump if 
the system is designed for the pump shutoff pressure* 
The capacity of a relief valve must be no less than the 
capacity of the pressure source. A relief valve should 
generally be set so that the maximum operating pressure 
of the system does not exceed 90% of the set pressure to 
prevent relief-valve leakage during normal operation* 

No stop or check valves should be installed where they 
could isolate the relief valve from the pressure source* No 
stop valves should be installed in relief valve discharge 
piping. Piping must be sized so that pressure losses do 
not cause unstable valve operation or reduce its capacity* 
Losses in piping leading to the relief valve should gener- 
ally not exceed 10% of the difference between set pressure 
and reseat pressure. Relief valve discharge pressure 
losses, together with any superimposed back pressure, 
should not exceed 10% of the valve set pressure unless 
the valve is designed to compensate. 

A sentinel valve is a small valve that is used to warn of 
a malfunction by serving as a telltale. The set pressure is 
usually above the normal working pressure of the system, 
but lower than the pressure the system can withstand A 
sentinel valve does not usually have sufficient capacity to 
relieve the source of the overpressure* 



c* Back- pi: assure regulating d* Constant -flow fitting 


Pig, T2 Special valves 


e* Pressure-reducing valves, A pressure-reducing 
valve [Fig. 12(6)] permits a higher-pressure source to sup- 
ply a lower-pressure service, with an automatic response 
to changes in demand. A pressure-reducing valve should 
be installed: wherever operating requirements, such as 
frequent load changes, make it impractical or unsafe to 
control the pressure manually; to reduce the cost and 
weight of downstream components such as heat ex- 
changers; or to permit a single pump or compressor to 
supply multiple services requiring different pressures. 

Pressure-reducing valve actuators can be of the spring- 
loaded, dome-loaded, piston, diaphragm, direct, pilot, bal- 
anced, or unbalanced type; and the valve port and plug can 
be selected so the stroke-versus-flow area characteristic is 
well suited to the application. The required response 
speed, reduced pressure range, inlet pressure range, and 
accuracy of control should be discussed with the manufac- 
turer before such features are specified* Specifying a 
valve with an excessive capacity should be avoided be- 
cause it results in continuous close throttling by the valve, 
leading to excessive wear of the valve seat and disk. 

Each pressure-reducing valve should be provided with 
upstream and downstream pressure gages and isolation 
valves. If the pressure reducer supplies a sendee that 
cannot be shut down for maintenance of the reducer, a 
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bypass with a throttle valve should be installed* A relief 
valve should be provided downstream of the downstream 
isolation valve. The relief valve should have sufficient 
capacity to pass the full flow of a failed-open reducer or 
a fully open bypass, whichever is greater, with full design 
inlet pressure* A relief valve is not necessary if the down- 
stream components are designed for full upstream pres- 
sure* If the upstream system does not provide filtration 
sufficient to protect the reducing valve, a separate 
Strainer or filter should be installed immediately up- 
stream of the reducing valve. 

f. Back-pressure regulating valves. A back-pres- 
sure regulating valve [Fig. 12(c)], also called an unloading 
valve, is similar to a pressure-reducing valve except that 
it controls upstream pressure rather than downstream 
pressure. An example is a priority valve installed in the 
low-pressure vital air system on U*S. Navy ships; this 
valve shuts off air to downstream non vital users when 
the upstream vital air main pressure drops below its set 
point. Another example is an auxiliary-exhaust unloading 
valve in a steam plant, which maintains a constant exhaust 
pressure on steam-driven auxiliary equipment and in the 
deaerating feed heater by dumping excess exhaust to the 
main condenser* 

g* Control valves. A control valve (also called a reg- 
ulating valve} controls the flow at one location in a system 
in response to a control signal from another portion of the 
system, or from a different system* Examples are a main 
condenser level control valve (Fig* 18) and main lube-oil 
temperature control valve (Fig* 20). Temperature control 
valves can be of the three-way bypass type (constant total 
flow) or the throttling type (varying flow)* The control 
signal can be a reservoir level, temperature, or pressure 
and can be communicated to the valve via a liquid, com- 
pressed air, or electrical signal* Control valves should be 
designed so that a loss of electric power, a loss of actuat- 
ing air, or a broken spring will leave the valve in a safe 
mode. 

When selecting a relief, pressure-reducing, back-pres- 
sure regulating, or control valve, the valve manufacturer 
should be given a full description of the operating condi- 
tions and performance requirements to ensure a satisfac- 
tory installation* 

h* Constant-flow fittings. A constant-flow fitting 
[Fig* 12(d)] is used to regulate flow to a constant value as 
upstream and downstream pressures change* A flexible 
element within the fitting deforms to restrict flow in pro- 
portion to the differential pressure across it* The regula- 
tion accuracy and minimum differential pressure specified 
by the manufacturer must be considered when selecting 
these fittings. Constant-flow fittings are used extensively 
to balance flows to many loads in chilled water and elec- 
tronic freshwater cooling systems, 

2,9 Orifices* An orifice plate (Fig* 13) is installed to 
introduce a specific additional pressure loss into a flow 
path* An orifice is a passive device that cannot respond to 
changes in system conditions, but is sized for a single 
condition of inlet pressure, outlet pressure, flow rate, 
fluid density, and fluid viscosity. An orifice is useful for 
balancing the pressure losses, hence the flow, in parallel 
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Fig. 13 Of if ice plate 


flow paths, and for limiting flow in a given path. An orifice 
cannot be used as a pressure reducer, because the down- 
stream piping will be exposed to full upstream pressure 
whenever flow is stopped, such as upon closure of a down- 
stream valve* 

Multiple orifices in series should be used when neces- 
sary to avoid cavitation, which causes turbulence and 
noise. For example, turbulence downstream of an orifice 
in 90-10 copper-nickel piping can erode the piping ma- 
terial* 

Orifice sizing criteria can be found in reference 14* 

2*10 Intulation. Insulation is required on high-tem- 
perature piping to limit the surface temperature for per- 
sonnel protection, reduce the heat loss from the system, 
or prevent objectionable heat gain in enclosed spaces. Part 
or all of the piping in systems such as steam, feed, steam 
drain, fuel service, and hot potable- water systems nor- 
mally requires insulation* Piping that infrequently oper- 
ates at temperatures above 125 F, such as steam escape 
piping, does not require insulation unless it poses a per- 
sonnel hazard. Insulation is not required on piping in voids 
or cofferdams unless an excessive heat loss from the sys- 
tem would result. Piping that must be located where insu- 
lation would be subject to damage from moisture, such as 
piping over shower stalls, under lavatories, or under 
steam kettles, should not be insulated; such piping should 
be shielded instead* Approximately 2 ft of pipe upstream 
of each steam trap should be left uninsulated to enhance 
trap operation. 

Insulation is required on chilled water and refrigerant 
piping operating at temperatures below 40 F to reduce 
the heat gain by the operating fluids* 

To prevent condensation, anti-sweat insulation is nor- 
mally installed on piping systems, such as firemain and 
seawater cooling, that normally contain fluids at a temper- 
ature below the ambient dew point. Anti-sweat insulation 
is generally applied wherever condensation can cause cor- 
rosion or moisture damage, a safety hazard, or unpleasant 
living or working conditions. 

Insulation should be installed on freshwater or seawa- 
ter piping that is in the weather, cannot practicably be 
drained in cold ambient temperatures, and is subject to 
intermittent stagnant or low-flow conditions that could 
allow freezing of the fluid. 

The materials most often used for high-temperature 
insulation are fiberglass, cellular glass, mineral fiber, and 
calcium silicate. For low-temperature insulation, the most 
common materials are fiberglass, cellular glass, and 
foamed plastics. 
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Table 9 Insulation thickness for personnel protection 0 


Ncrm, 


Pipe Surface Temperature, deg F 


Pipe 

Size, in* 

250 


650 

850 

1 

1 

1 

1.5 

2 

3 

X 

1 

2 

2.5 

6 

1 

1 

2 

3 

10 

1 

1 

2 

3.5 

14 

1 

1.5 

2.5 

3.5 

20 

1 

1*5 

2.5 

4 


thickness (in*) of Fibrous Glass Insulation for Insulation Surface 
Temperature < 140 F. 


Insulation is applied in blanket, block, and molded form. 
Molded insulation is preformed to fit pipes, elbows, and 
other common components for ease of installation. Re- 
movable and reusable blocks, forms, or pads should be 
used near takedown joints* around stem packing glands 
of steam valves, and at other locations requiring regular 
access for maintenance. 

The insulation thickness depends on the pipe tempera- 
ture, insulation surface temperature, pipe size, and the 
heat transmission rate of the insulating material selected. 
For shipboard piping systems, the thickness is generally 
based on providing the minimum necessary for personnel 
safety. Piping containing fluids at a temperature ex- 
ceeding 150 F should have insulation of sufficient thick- 
ness so that the surface temperature of the insulation 
does not exceed 140 F to protect personnel from burns* 
Piping with a surface temperature between 125 F and 150 
F should have, as a minimum, a doth or tape wrap. The 
minimum thicknesses specified for commercial and U.S. 
Navy ship piping insulation are given in references 5 and 
17, respectively* Representative Insulation thicknesses 
are given in Table 9. 

Lagging should be installed over insulation to protect 
it from damage. Lagging materials include sheets of gal- 
vanized steel, corrosion-resistant steel, aluminum, cloth, 
and fiberglass. Metal lagging is preferred when insulation 
is subject to damage* 

For low -temperature insulation, a vapor barrier must 
be applied to prevent water vapor from reaching the cold 
surface, condensing, and soaking the insulation, A sepa- 
rate vapor barrier is not required if the insulation Is 
foamed plastic or cellular glass, since the closed-cell struc- 
ture of these materials serves this function. 

Insulation should not be installed on piping joints until 
after the system has been hydrostatically tested. 

2,11 Sea Connections. Sea chests are generally con- 
structed of pipe or plating of material similar to the hull 
and welded to the shell plating* In way of the double 
bottom, a sea chest is formed by a trunk extending be- 
tween the shell plating and the innerbottom plating, with 
the seawater piping connected to the innerbottom plating* 
The design must provide adequate structural reinforce- 
ment to compensate for the size, shape, and location of 
the opening in the hull 

Sea chests should be clear of bilge keels and other hull 
projections, and should not interfere with docking blocks* 


They should be located where they will not be prone to 
pick up fluid from overboard discharge connections. 

Sea chests should be located to avoid high entrance 
losses and negative pressures induced by flow along the 
hull with the ship underway, These effects are detrimen- 
tal to pump performance, and are of particular signifi- 
cance on high-speed ships and in locations near hull ap- 
pendages or where there is flow separation along the hull. 
Locations that may emerge during roll, pitch, or light-ship 
conditions, or allow an ingestion of entrained air along 
the submerged hull, should also be avoided. If an intake 
of air cannot be avoided, the sea chest should incorporate 
a high point for the collection of air, with the high point 
continuously vented above the deep-draft line* 

Sea chests that will be used in shallow water should be 
located to avoid picking up debris or dirt from the bottom 
of the waterway. If a single location that will avoid both 
air ingestion and debris intake is not feasible, both high 
and low suction sea chests should be installed* 

Each sea chest must have a strainer made of bars or 
perforated plate installed at the junction with the shell 
plating. The clear area through the strainer plate should 
be 1-5 to 2 times the total area of all suction piping con- 
nected to the sea chest Where practicable, the strainer 
Openings should be no larger than the smallest flow pas- 
sage in the connected systems- Where this is not practica- 
ble, a separate strainer is required in the system piping. 

Sea chests should be provided with a means of clearing 
debris from the strainer. Steam can be used where readily 
available; otherwise, compressed air can be used. The sea 
chest blow connection should be installed outboard of the 
sea valve and arranged so that the jet of steam or air is 
aimed as directly as possible at the strainer* 

Overboard discharges consist of pipes attached directly 
to the shell plating* They should be located to avoid flow 
lines leading to suction sea chests, underwater logs, and 
sonar transducers* If installed above the waterline, they 
should not be located in way of boat-handling areas or 
accommodation ladders* 

A sea valve should be installed in each pipe connected 
to a suction sea chest or overboard discharge. Where more 
than one pump is connected to a sea chest or overboard 
discharge, an additional valve should be installed in each 
branch to permit the isolation of each pump* Where a 
pump is located in a compartment other than that in which 
the sea chest or overboard discharge is located, an addi- 
tional valve should be installed in the compartment in 
which the pump is installed* Sea valves should be installed 
as close as possible to the sea chest or shell plating, and 
any intervening joints should be welded. 

Sea valves may be of the gate, angle, or butterfly type; 
gate valves are preferred* Butterfly valves are not used 
as sea valves on U*S. Navy ships. Sea valves of the gate 
type should have stems of one-piece construction and the 
stem should not be attached to the disk by pins. Sea valves 
in spaces not normally manned should have a remote con- 
trol from the deck above. 

Ductile materials such as steel, bronze, or nodular cast 
iron should be used for connections to the shell plating 
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below the freeboard deck; steel is most commonly used, 
Malleable iron and nonductile cast iron are not suitable. 

The number of sea chests and overboard discharges 
installed should be the minimum consistent with proper 
operation of the connected systems. At least two sea 
chests should be installed for main propulsion cooling, 
generator cooling, and other vital systems to Insure a 
continued supply in the event one becomes dogged. They 
should be separated as far as practicable. 

Sea chests for ships that will operate in ice require 
special consideration* Broken ice must be prevented from 
clogging the seawater cooling system inlet piping and 
strainers. Sea chest strainers must be strong enough to 
withstand the pressure and abrasion of ice. For icebreak- 
ers, the motion of the ship when breaking ice, backwash 
from frequent reversing of the propellers, and mixing of 
broken ice with seawater, together cause seawater enter- 
ing the sea chest to contain a large amount of entrained 
air and ice fragments. Therefore, sea chests must be de- 
signed to keep the flow velocity toward the suction pipe 
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sufficiently low to allow ice fragments to float to the top 
of the sea chest and the air to separate. The suction should 
be taken from the lower portion of the sea chest, and 
sufficient height should be provided to permit ice to accu- 
mulate away from the suction* The top of the sea chest 
should be sloped to facilitate the removal of ice fragments 
and air, and a large vent, with an inlet screen to prevent 
clogging, should be led from the top of the sea chest. A 
warm-water return from the machinery cooling system 
should be connected near, and directed toward, the top of 
the sea chest to melt trapped ice, and a baffle should be 
provided to direct incoming cold water toward the warmed 
portion of the sea chest* The strainer area should be at 
least 4 times the area of the connected suction piping. 

The result of incorporating all of these design features 
is a much larger and more structurally complex sea chest 
design compared with designs for ships that do not oper- 
ate in ice; therefore, only those features appropriate to 
the severity of the intended operating area should be in- 
corporated* 


Section 3 

Machinery Plant Support Systems 


3J General* Steam, diesel, and gas turbine machin- 
ery plants require piping systems for fuel, lubricating oil, 
compressed air, cooling water, and other services. System 
configurations vary to suit each type of plant Each type 
of plant also requires unique systems for its operation* 
As examples, steam plants require piping for steam, con- 
densate, feedwater, and other services; diesel plants re- 
quire freshwater cooling and, often, waste-heat systems; 
and gas turbine plants have a bleed-air system* 

This section describes many of these systems, providing 
greater detail for systems not covered in other chapters. 
Chapter 12 contains additional information about fuel sys- 
tems; and Chapters 3 and 4 contain additional information 
on diesel and gas turbine support systems, respectively. 

As a framework for discussion, this section is generally 
oriented to a single-screw commercial ship, with excep- 
tions noted for other types of plants. 

3*2 Steam Plant Piping Systems, 
a. Main steam system* The main steam piping sys- 
tem delivers superheated steam from the boilers to the 
main propulsion turbines for ahead and astern operation, 
to the generator turbines, and to the boiler drum desuper- 
heaters. In commercial applications, the system also sup- 
plies the main feed pump turbines to improve the cycle 
efficiency. 

Main steam piping operates at a high pressure and tem- 
perature, requiring a relatively thick pipe wall and re- 
sulting in a stiff cross section, high weight, and high loads 
at supports and anchor points* To increase pipe flexibility, 
the pipe sizes should be as small as practicable and numer- 
ous changes in direction are desirable; however, large pipe 
sizes and straight pipe runs are preferred to minimize 
friction losses, which adversely affect the turbine throttle 


pressure and plant efficiency* These conflicting require- 
ments necessitate a careful trade-off to optimize the de- 
sign, The wall thicknesses for candidate pipe sizes should 
be calculated first (see Section 2.5). Inside diameters can 
then be determined for pressure-loss calculations* A trial 
arrangement of piping should then be developed to serve 
as a basis for pressure-loss and flexibility calculations. 
Several iterations of arrangements and calculations may 
be necessary before an acceptable design is established. 
The complexity of this process increases with the number 
of boilers and turbines to be interconnected* 

Double-valve protection should be provided to facilitate 
maintenance with any combination of units in operation. 
A stop valve must be provided at each boiler outlet and 
at each connected unit* For boilers in parallel, each boiler 
outlet should have two stop valves* with one of them hav- 
ing a check feature. In addition, a stop valve should be 
provided in each branch from the main to a unit* 

Pipe supports must be provided not only to carry the 
weight of the piping, but also to restrain lateral movement 
due to shock, ship motion, and vibration. Fixed supports 
should be located so that bends in the piping between them 
will provide sufficient flexibility to permit movements due 
to expansion* The locations of supports depend on the 
general arrangement; where practicable, the pipes should 
be placed to facilitate support from adjacent structure. 

Piping should be sloped continuously either toward or 
away from the turbines. Pockets must be avoided, and 
drainage must be provided at low points. 

Figure 14 is a typical main steam system diagram. The 
system shown has two boilers; consequently, boiler cutout 
valves of the stop-check type are provided to prevent 
crossflow from an operating boiler to one not in use. By- 
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pass valves are fitted to equalize pressure on both sides 
of stop valves so that they will be easier to open. Bypass 
valves also permit the pressure and temperature of the 
downstream piping to be raised slowly to operating condi- 
tions during plant start-up. 

The guarding valve in the astern steam line to the 
astern turbine provides positive isolation of the turbine 
during ahead operation to prevent steam that may leak 
past the astern throttle valve from causing increased 
windage losses and erosion of the astern turbine blades. 

The pilot-actuated safety valve in the superheater outlet 
is provided as a first response to boiler overpressure* It 
is actuated by boiler drum pressure and opens at a lower 


pressure than the main safety valves on the boiler steam 
drum. This arrangement prevents the drum safety valves 
from being opened by occasional pressure excursions dur- 
ing normal operation, thereby preserving their sealing 
surfaces and reducing maintenance and leaks; it also en- 
sures a continuous flow of steam through the superheater 
tubes. In the event a boiler casualty occurs, the drum 
pressure will continue to rise until the drum safety valves 
open. 

The function of the desuperheater control valve is ex- 
plained in Chapter 5* 

For emergency operation using only the high-pressure 
turbine, blanked flanges are provided so that temporary 
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Fig* 15 Turbine bleed itearo point* 

piping can be installed for the turbine to exhaust directly 
to the main condenser. For operation using only the low- 
pressure turbine, the bellows can be removed from the 
crossover piping so that desuperheated steam can be sup- 
plied to the low-pressure turbine through temporary 
piping* 

For U.S. Navy ships having more than one machinery 
space, cross-connect piping is installed to permit the oper- 
ation of one plant with steam from another plant in the 
event of a casualty. 

b. Turbine bleed steam* Turbine bleed steam is ex- 
tracted from bleed points within the propulsion turbines* 
As discussed in Chapter 2, the quantity of heat available 
from steam is progressively reduced as it passes through 
the propulsion turbines, and only a portion of the steam's 
available energy can be converted to useful work by the 
turbine. A large fraction of the heat originally in the 
steam is, therefore, exhausted into the condenser. By ex- 
tracting steam from the turbine bleed points and using it 
for heat loads at the appropriate temperatures, the overall 
efficiency of the steam cycle can be significantly im- 
proved. 

Steady-state operation of the propulsion turbines is re- 
quired for a constant supply of bleed steam from any of 
the bleed points. During low-speed, port, maneuvering, 
and astern operations, steam is supplied either intermit- 
tently or at such a low flow rate that extraction at the 
bleed points is not practicable* In these operating modes 
an alternate source of steam must be available for the 
bleed-steam loads. 

As indicated on Fig. 15, there are three categories of 
bleed-steam extraction points. High-pressure bleed steam 
is taken from the high-pressure turbine and supplies high- 
pressure feedwater heaters (if installed) and the contami- 
nated steam evaporator. It is the least economical of the 
bleed-steam alternatives since it diverts a significant 


amount of heat from the turbine; nevertheless, it Is eco- 
nomically preferable to steam taken directly from the 
boilers. 

Intermediate-pressure bleed steam is usually taken 
from a later stage of the high-pressure turbine or from 
the crossover to the low-pressure turbine. It is typically 
used for boiler air heaters and feedwater heating; for 
commercial ships it is also used for space heating, potable- 
water heaters, and galley services. Intermediate-pressure 
bleed steam can be used at about half the cost of boiler- 
pressure steam. 

Bleed steam from the low-pressure turbine is the most 
effective of the bleed-steam sources in improving the effi- 
ciency of the steam cycle because at this point most of the 
heat remaining in the steam would be exhausted to the 
condenser. However, its low heat content typically limits 
its use to first-stage feedwater heating and distilling 
plants. 

Steam pressure at each bleed point varies with the 
power level of the associated turbine* For some uses, such 
as the boiler air heaters, such fluctuations are acceptable. 
But when pressure fluctuations are not tolerable, or when 
the load varies, a pressure-reducing or temperature-con- 
trol valve must be installed. 

Turbine bleed points and the services they supply 
should be selected to achieve the greatest economy of 
operation, and to give consideration to the suitability of 
the available pressure, flow, and temperature for the in- 
tended loads* When multiple bleed points are used, the 
cycle efficiency can be improved by installing a “cascade” 
bleed valve control system that will give priority to the use 
of the 1 owe st-pres sure steam available for feed heating 
during any operating condition. The use of heat balances 
to evaluate a steam cycle, including the effects of bleed 
steam, is reviewed in Chapter 2* The use of bleed steam 
tends to reduce fuel costs; however, the added expense of 
the additional piping and controls necessary when a bleed 
steam extraction point is installed must also be con- 
sidered. 

Bleed steam piping is illustrated in Figs* 16 and 17. 

c* Auxiliary desuperheated steam system* An aux- 
iliary desuperheated steam system supplies steam from 
the boiler desuperheaters directly or by way of reducing 
stations to all steam-driven auxiliaries and ship services 
not served by the main steam system. 

Since auxiliary steam piping is generally smaller in di- 
ameter and operates at a lower temperature than main 
steam piping, provisions for adequate flexibility are less 
difficult 

A typical auxiliary steam system diagram is shown in 
Fig. 16, Steam is supplied from the boiler desuperheater 
directly to the boiler soot blowers and the main feed pump 
turbines. The system shown also supplies the following 
components through pres sure -reducing valves or temper- 
ature-control valves: 

* Propulsion turbine, generator turbine, and distilling 

plant air ejectors* 

* Propulsion and generator turbine gland seal steam 

regulators, 

* Boiler fuel burner steam atomization. 
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LEGEND OF SYMBOLS 


VALVE. GATE. LOCKED OPEN 

E&3 

VALVE. globe, locked open 

X 

valve, Globe 

s 

thermometer 

OKJ 

valve, gate 

[>H| 

VALVE. GLOBE STOP-CHECK 

‘v 3 

STRAINER. Y-TYPE 


VALVE. GOVERNOR 


VALVE, ANGLE RELIEF 


GAGE. PRESSURE 


VALVE, pressure reducing 


CAGE. PRESSURE, REMOTE- READING 

sz 

VALVE, UNLOADING 

cS 

VALVE, CONTROL 

r^i 

VALVE, SWING CHECK, DASHPOT TYPE 

a 

SEPARATOR i 

p®] 

VALVE, GATE, MOTOR -OPERATED 




Fig. 16 Auxiliary and HP bleed systems 
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Fig, 77 Steam exhaust, IP bleed, and LP bleed systems 
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• Tank cleaning seawater heater, 

• Whistle. 

• Hotel services. 

• Contaminated steam system evaporator. 

• Auxiliary exhaust system makeup. 

Many ships are equipped with vacuum pumps instead of 
air ejectors. On U.3. Navy ships, the system may also 
supply fire pump turbines, and cargo pump turbines. 

The auxiliary steam supply to the contaminated steam 
system evaporator is provided for use when insufficient 
steam is available from the high-pressure turbine bleed 
connection, A bypass supplying auxiliary steam directly 
to the contaminated steam system is also provided for use 
when the evaporator is inoperable. Similarly, a connection 
to the auxiliary exhaust system is provided for use when 
insufficient steam is available from the main feed pump 
exhaust or turbine bleed. 

A check valve is provided at the turbine bleed steam 
connection to protect the turbine from reverse flow. 

d. Auxiliary exhaust system. An auxiliary exhaust 
system, such as illustrated by Fig. 17, collects steam ex- 
hausted by auxiliary turbines for further use in other 
services. The system may collect steam from a number of 
auxiliary turbines, but in this particular design the main 
feed pumps are the only source. As with bleed steam, 
the loads to be supplied from the auxiliary exhaust are 
established by using a heat balance. Typical loads are 
feedwater heating, space heating, potable-water heaters, 
and galley. 

Feedwater heating in the deaerating feed tank (DFT), 
which is described in Chapter 16, is a principal load on the 
auxiliary exhaust system. The demand for heating steam 
in the DFT increases with the plant power level, and the 
exhaust flow from the feed pump turbines varies simi- 
larly. However, under many operating conditions the de- 
mand and supply do not match exactly. Consequently, 
the system includes an unloading valve, which discharges 
excess steam to the main and auxiliary condensers, and 
a makeup valve (Fig. 16), which admits steam from the 
auxiliary steam system to maintain a constant system 
pressure. 

Each main feed pump turbine exhaust contains a combi- 
nation exhaust and relief valve, which opens automati- 
cally, when the turbine is started to prevent overpressure 
of the casing, and maintains a constant back pressure 
during changes in the turbine Inlet pressure and turbine 
load. 

Flow in various sections of the auxiliary exhaust main 
varies widely depending on the plant operating condition. 
The engineer must evaluate the heat balances for all op- 
erating conditions to identify the worst-case flow condi- 
tion for sizing the auxiliary exhaust main. 

e. Safety valve escape piping. The safety valve es- 
cape piping conveys steam from safety and relief valves, 
which are set at 50 psig and above, to the atmosphere to 
prevent burning or smothering of personnel and interfer- 
ence with personnel attempting to correct the cause of 
the overpressure. The discharge pipes from individual 
safety or relief valves are combined and led to the 
weather, usually through the uptake space. 


Separate escape piping should her provided from the 
boiler drum and superheater safety valves, designed to 
have an area not less than the combined areas of the 
outlets of all valves discharging into the piping, and led 
as near vertically as possible. The piping should be de- 
signed to minimize reaction forces from high-velocity 
steam flow, and installed and supported to minimize loads 
transmitted to the safety valves. 

Discharge piping from steam relief valves set below 50 
psig should terminate below the floor plates or in a remote 
location to prevent personnel injury. 

f. Drain and condensate systems. These systems 
collect drains and condensate and return them to the op- 
erating cycle. 

High-pressure drains, including low-point drains from 
main steam piping, auxiliary desuperheated steam piping, 
and other^ources, are collected in a high-pressure drain 
main which discharges to the DFT. 

Drains fvith insufficient pressure to discharge into the 
DFT, including propulsion turbine, generator turbine, dis- 
tilling plant, feed heater, air ejector condenser, gland ex- 
haust condenser, and low-pressure steam piping drains, 
are collected in a low-pressure (or freshwater) drain main 
and discharged to the freshwater drain collecting tank. 
Condensate from the tank is either pumped to the DFT or 
drawn by vacuum into the main or auxiliary condenser. 

Drains from services which may be contaminated with 
oil, including heating coils for fuel and cargo tanks, fuel 
heaters, and lubri eating-oil heaters, are kept separate and 
led to a contaminated steam drain collecting tank to pre- 
vent any oil that has leaked into the system from contami- 
nating the main steam system. The tank is divided into 
two chambers by a vertical baffle containing an oil screen, 
A viewing port is installed in the upstream chamber so 
the operator can see any oil contamination. The screen 
filters out small amounts of oil before it enters the second 
chamber. From there condensate Is returned to the con- 
taminated evaporator. 

Condensate from the first-stage feed heater can be 
drained by gravity to the freshwater drain collecting tank, 
drawn by vacuum into the condenser, or pumped into the 
condensate system. Gravity drain is the simplest method 
and should be used if the feed heater can be located suffi- 
ciently high above the tank. 

A typical condensate system is illustrated by Fig. 18. 
Two main condensate pumps discharge condensate from 
the main condenser through the main air ejector condens- 
ers (if fitted), gland leakoff condenser, and the first-stage 
feed heater to the deaerating feed tank. Two pumps are 
required by the regulatory bodies. Both auxiliary condens- 
ers are served by one condensate pump, which discharges 
through the associated auxiliary air ejector condenser (if 
fitted) to the main condensate line upstream of the DFT, 
Each condenser has a hotwell level control valve, which 
recirculates condensate back to the hotwell as necessary 
to maintain a constant level, A recirculation line is pro- 
vided to increase the effectiveness of the air ejector dur- 
ing warm-up and low-power operation. On U.S, Navy 
ships, separate manually operated recirculation lines are 
provided; one line discharges into the hotwell to prevent 
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subcooling of the condensate during normal operation, 
and another line discharges above the condenser tubes 
for use during warm-up. 

For ships having one turbine-generator and one diesel- 
generator, a single auxiliary condenser may be provided, 
or the turbine-generator may exhaust to the main con- 
denser, eliminating the need for the auxiliary condenser. 

The feedwater level in the DFT is maintained between 
high and low limits by a spill valve and a makeup valve. 
The spill valve opens to discharge condensate from the 
first-stage feedwater heater outlet to the distilled water 
tank when the DFT level approaches the high limit. The 
makeup valve opens to admit additional feedwater from 
the distilled-water tank to the main condenser when the 
DFT level approaches the low limit. These valves are con- 
trolled by air pilots that sense the DFT level. 

Heat exchangers served by high- and low-pressure 
drain piping must be located so that their relative heights 
will ensure the flow of condensate by gravity. 

g, Main feed system. The main feed system provides 
a continuous supply of heated and deaerated water from 
the DFT to the boilers via the main feed pumps, as shown 
by Fig. 18. At least two main feed pumps must be provided 
to comply with regulatory body requirements, and on U.S. 
Navy ships three are often installed in each main machin- 
ery space. 

The main feed pumps must be located well below the 
DFT to ensure sufficient net positive suction head at the 
pumps under all operating conditions. The location of the 
pumps and evaluation of the pressure losses in their suc- 
tion piping are critical to prevent flashing of the hot con- 
densate in the suction lines and possible loss of flow to 
the boilers. On naval or other ships where space does 
not permit a high DFT location, feed booster pumps are 
installed upstream of, and in series with, the main feed 
pumps. 

Each main feed pump has a recirculation line that dis- 
charges back to the DFT to protect the pump from over- 
heating in the event of low- or zero-flow conditions. The 
flow in each line is limited by an orifice. The high pressure 
drop required in the recirculation line may require multi- 
ple orifices in series to reduce orifice erosion and noise. 

Regulatory bodies require two feedwater paths to the 
boilers. In the design illustrated, feedwater can be deliv- 
ered through the main or auxiliary feed lines, and each 
contains a stop valve and a stop-check valve. 

The boiler drum water level is automatically main- 
tained, usually near mid-level of the boiler drum, by a 
feedwater regulating valve upstream of each boiler. The 
drum level must be manually regulated when using the 
auxiliary feed line. The auxiliary feed stop valve should 
not be used for this purpose; wear on this valve must be 
minimized so that it can provide a positive isolation of the 
boiler when required. The auxiliary feed stop-check valve 
should be used instead. 

Each boiler in the design illustrated is fitted with an 
economizer; therefore, feedwater is circulated through 
the economizer before being discharged into the boiler 
drum. When the design includes more than two stages 


of feedwater heating, the higher stages are connected 
between the feed pumps and the economizer. 

The transfer of feedwater from reserve-feed tanks is 
accomplished by a freshwater transfer pump, which dis- 
charges to the distilled-water tank. Direct connections be- 
tween the distilled-water tank and the boilers are provided 
for wet layup of the boilers, as discussed in Chapter 5. 

Sample connections for water chemistry control are pro- 
vided at several locations throughout the system, and con- 
nected by piping to a sample cooler and sink. A chemical 
mixing taAk and feed tank allow the addition of water- 
chemistry-control compounds to the system. 

The feed discharge piping has the highest design pres- 
sure of any piping in the steam plant, since it is designed 
to deliver feedwater to the boilers even if their safety 
valves have lifted. The piping is designed for the pump 
relief valve setting, or the pump shutoff pressure if no 
relief valve is installed. 

h. Seawater cooling system* Condensers, lubri- 
ca ting-oil coolers and air coolers for propulsion and gener- 
ator steam turbines require a high seawater flow but have 
a relatively low pressure loss, on the order of 5 to 10 ft of 
seawater. These components, therefore, have a dedicated 
supply of cooling water separate from the auxiliary heat 
exchangers, which have a pressure loss in the range of 12 
to 50 ft of seawater. 

The regulatory bodies require that a main circulating 
pump and an emergency means of circulating water 
through the main condenser be provided. One means of 
satisfying this requirement is with two main circulating 
pumps; each may have a capacity such that both are re- 
quired on line to satisfy full-power design conditions. An- 
other means is to provide a backup supply from an inde- 
pendent seawater pump in another system. The system 
illustrated in Fig. 19 has both features. A separate pump 
has been provided for the generator condensers and lube- 
oil coolers, with a cross-connect permitting the propulsion 
and generator circulating pumps to supplement each 
other. 

At least two suction sea chests should be provided for 
machinery-space cooling systems, preferably on opposite 
sides of the machinery space to avoid both being clogged 
simultaneously. On deep-draft ships, one of these should 
be a high suction located near the turn of the bilge, and 
the other a low suction near the bottom of the ship. This 
arrangement ensures a continuous seawater supply both 
in shallow water when the low suction is near a muddy or 
silted bottom, and underway when wave action and ship 
roll can expose the high suction. 

The propulsion condenser and lubricating-oil cooler can 
also be supplied by a scoop injection system. Seawater is 
admitted through a hull opening, usually installed near 
the bottom of the ship. Seawater is directed into the piping 
by a scoop that is shaped to convert the velocity of the 
moving ship into a pressure head sufficient to overcome 
the resistance of the seawater system [18]. A circulating 
pump must be provided to supply the system during low- 
speed and astern operations. A single-pass condenser is 
used with a scoop injection system; multipass condensers 
require a higher injection head than a scoop can develop. 
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Fig. 19 Steam plant seawater cooling system 
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To minimize pressure losses, seawater piping in a system 
supplied by a scoop injection system should be arranged 
in the most direct practicable route, with gradual bends, 
and include only gate valves. 

The pressure head developed by the scoop is propor* 
tional to the square of the ship speed; thus a scoop may 
not be suitable for very low-speed ships since the piping 
and condenser may have to be prohibitively large to incur 
a sufficiently low pressure loss. Also, the boundary layer 
of low-energy water next to the ship hull can compromise 
the ability to develop a sufficient head on very long ships, 
such as large crude-oil carriers. Nevertheless, ships oper- 
ate successfully using a scoop at speeds as low as 6 knots. 

When a lubricating-oil cooler and a condenser are con- 
nected in parallel, the design pressure loss through the 
lubrieating-oi! cooler circuit should be sightly less than 
through the condenser to ensure that the lubricating-oil 
cooler will not be starved, 

A separate system is installed to supply the main feed 
pump lubricating-oil coolers, ship service and cargo re- 
frigeration condensers, contaminated steam drain cooler, 
air-conditioning condenser, air compressors, and other 
auxiliary components as required. These components re- 
quire a higher head pump than the propulsion and genera- 
tor circulating systems. 

To avoid the operation of pumps at flows much lower 
than rated for long periods of time, the selection of the 
number and capacity of seawater cooling pumps should 
be based upon the ship speed associated with its most 
extended operating condition, seasonal effects on air-con- 
ditioning and refrigeration loads, and other factors that 
affect the seawater demand. The operation of pumps un- 
der low-flow conditions causes accelerated pump wear, 
leading to early failures. At least two pumps should be 
provided to ensure a reliable supply. In the system illus- 
trated by Fig, 19, three seawater service pumps have been 
installed to provide flexibility in matching the supply to 
the demand. 

The design of seawater cooling systems for naval ships 
is more complex because cooled equipment is located in 
multiple, sometimes widely separated, machinery spaces. 
A dedicated system is often installed for each essential 
service, such as a generator. Another approach is to install 
a central main supplied by several pumps to supply all 
services in a given zone of the ship. Many U,S« Navy ships 
use a combination of these concepts. 

Seawater pumps should be located sufficiently below 
the waterline to provide adequate submergence during all 
normal conditions of ship loading, with consideration for 
the design pitch, roll, and trim. 

Since the firemain is constantly pressurized on U.S, 
Navy ships, it is used as an emergency backup supply to 
vital services. However, the use of the firemain as a pri- 
mary source of cooling water is minimized to avoid com- 
promising damage-control capabilities in an emergency; 
and because its high pressure requires heavier piping, 
wastes pumping energy, and increases the potential for 
excessive flows and piping erosion. 


Connections to more than one sea chest should be pro- 
vided for each seawater cooling pump to ensure a continu- 
ous supply in the event of clogging or air binding of any 
one sea chest. 

Seawater piping should be arranged so that air pockets 
will not form, and entrained air will remain entrained as it 
passes through piping and heat exchangers to overboard. 
Condenser heads should be vented, and vent piping should 
be sloped upward. 

Strainers* should be provided to prevent clogging of 
heat-exchanger tubes, orifices, and other small flow pas- 
sages, The mesh or perforations of the strainer baskets 
should be no larger than the smallest flow path protected. 
In some cases, such as the main condenser, the openings 
in the sea chest strainer plate will be sufficiently small 
for this purpose. In most cases, however, a pipeline 
strainer will be necessary . Where small flow passages are 
present, the physical size of the required strainer may be 
excessive if sized for the full system flow. In such cases, 
separate strainers can be installed in the branches to the 
smallest flow passages, with the majority of the system 
components protected by a single strainer with larger 
openings. Duplex strainers should be installed wherever 
the component(s) protected cannot be secured for cleaning 
of the strainers without disrupting operation of essential, 
nonredundant machinery, 

A separate suction line for emergency dewatering is 
installed to satisfy regulatory body requirements. This 
line connects the machinery space bilge to the largest 
pump in the system having sufficient head to discharge 
overboard. 

Material for seawater piping should be resistant to cor- 
rosion. To prevent erosion, piping should be arranged to 
minimize turbulence, and the maximum and minimum sea- 
water velocity limits for piping should be observed (see 
Section 2.4). The maximum velocity at inlets of heat ex- 
changers made of copper alloys should not exceed 7.5 fps, 

i. Lubricating-oil system. A propulsion plant lubri- 
cating-oil system provides oil for the lubrication and cool- 
ing of propulsion turbine bearings, reduction gears, and 
thrust bearing. The system must be designed to ensure 
an uninterrupted supply of oil, to keep air out of the oil, 
and to maintain the condition of the oil. When an oil* 
lubricated stem tube bearing is installed, a separate, dedi- 
cated lubrication system is provided for it, as discussed 
further in Chapter 10. 

In general the lubricating-oil system for a commercial 
ship should be designed to operate satisfactorily with a 
list of up to 15 deg and trim up to 5 deg, and for a 30-deg 
roll and 10-deg pitch. More severe requirements apply to 
U.S. Navy ships. Careful attention to the slope of drain 
piping, the shape of sump tanks, and the location of pump 
suction tailpipes is necessary to meet these requirements. 

The system illustrated in Fig. 20 employs pumps for the 
primary supply of oil, and a gravity tank as an emergency 
supply. Two motor-driven service pumps, one a standby, 
take suction from the reduction gear sump through a 
strainer. Each pump discharge is fitted with a relief valve 
which discharges to the sump tank. A stop-check valve 
is installed in each pump discharge to prevent backflow 
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through an idle pump. As an alternative, a stop valve may 
be installed in each pump discharge and a check valve in 
each pump suction. This arrangement is preferred when 
a negative pressure can exist in the pump suction during 
operation, to prevent air from entering the system 
through the pump seals. Pumps should be located lower 
than the operating level of oil in the sump to ensure that 
the standby pump is always flooded with oil. If this is not 
feasible, a check valve should be installed in each pump 
suction and a priming line from the discharge header 
should be installed to keep each suction pipe full 

A pressure switch is installed at each pump discharge 
and is arranged to activate an alarm and start the standby 
pump automatically if the operating pump fails. 

The pumps discharge through a duplex magnetic 
strainer and the lubricating-oil cooler to the main propul- 
sion unit. The temperature of the oil leaving the coolers 
is usually regulated by a three-way valve, which senses 
the oil temperature and bypasses oil around the cooler 
as necessary. Temperature control may also be achieved 
using a control valve in the seawater piping, but the 
greater maintenance associated with seawater system 
components makes this approach less desirable. 

The gravity tank is connected to the system down- 
stream of the cooler. During normal operation excess oil 
capacity of the operating pump flows into the tank and 
back out the overflow to the sump, ensuring that the tank 
is full. If the supply from the pumps fails, oil flows out 
of the tank to the propulsion unit bearings. The tank 
height must provide adequate pressure to the propulsion 
unit and normally contains a supply of oil sufficient for 
about six minutes, allowing time for the propulsion unit 
to be secured without damage to the bearings. The gravity 
tank overflow is provided with an illuminated sight flow 
indicator located on the main operating level, and the tank 
has a low-level alarm. The overflow line contains a separa- 
tor to remove entrained air from the oil before it enters 
the sump. 

The lubricating-oil system operating pressure required 
is the sum of the pressure required ai the most hydrau- 
lically remote bearing in the reduction gear, which is typi- 
cally about 15 psi, and the pressure losses through the 
system piping and heat exchangers. The rated head of the 
lubricating-oil service pump is usually 60 to 80 psi. An 
adjustable orifice is installed downstream of the cooler to 
permit the pressure at the most remote bearing to be 
adjusted after the system is installed. 

The propulsion turbine throttle controls and gland-seal 
regulator are typically operated by hydraulic pressure 
from the lubricating-oil system. The supply piping for 
this purpose is connected to the pump discharge header 
upstream of the adjustable orifice, since this is the highest 
pressure in the system. With this arrangement, a Icfss of 
oil pressure automatically causes the turbine throttle to 
close. 

Oil from the propulsion unit drains by gravity to a sump 
tank located beneath the reduction gear. The sump capac- 
ity should be sufficient to contain the operating quantity 
of oil in the gravity tank, the service piping, and the pro- 
pulsion unit without overflowing through the reduction 


gear bearings when the oil has drained down after secur- 
ing the plant Drain lines to the sump tank should dis- 
charge below the normal oil level to minimize foaming. To 
avoid trapping air pockets, which would restrict oil flow, 
drain piping should be liberally sized and arranged with 
a slope exceeding 60 deg from the horizontal. 

The system is filled from the deck connection via the 
storage tank. Gravity fill piping is routed from the storage 
tank to each sump tank. 

A centrifugal purifier is provided to remove water and 
sediment tfrom the oil The purifier has one or more 
attached, shaft-driven pumps that can be operated inde- 
pendently of the purifier centrifuge to transfer oil be- 
tween tanks. A purifier heater is installed to heat and 
supply the oil at the proper viscosity for efficient purifier 
operation. Piping is provided so that either continuous or 
batch purification of the oil in the propulsion unit sump 
tank may be performed; the auxiliary units are arranged 
for batch purification only. For continuous purification, 
the purifier takes suction from the sump while the unit is 
operating, and discharges through the heater and purifier 
back to the sump tank. For batch purification, the purifier 
pumps are used to transfer the contents of the sump tank 
to the settling tank, where the oil is heated to facilitate 
separation of the water and sediment from the oil, after 
which it is returned to the sump via the purifier. The 
unit must be secured for batch purification. The purifier 
pumps can also be used to transfer od between tanks 
or to the deck connection. Purifier suction piping should 
terminate close to the bottom of the sump tank to pick up 
sediment. 

Piping is provided to permit the purifier pumps to circu- 
late oil from the main propulsion unit sump through the 
heater for warm-up prior to starting from the cold-plant 
condition. Piping is also provided to remove sludge from 
the bottoms of the storage and settling tanks using a 
hand-operated stripping pump that discharges to the 
sludge tank. 

When shell-and-tube heat exchangers are used, the Iu- 
bricating-oil and seawater cooling systems should be de- 
signed so that the oil pressure in the cooler shell is greater 
than the seawater pressure in the tubes, to prevent con- 
tamination of the oil and consequent damage to propulsion 
components. This precaution is not necessary when plate- 
and-frame heat exchangers are used because any leakage 
will be to the atmosphere. 

The system described reflects commercial practice. In 
U*S, Navy practice, a gravity tank is not used due to 
limited machinery space headroom and the fire hazard of 
locating a gravity tank high in the space. Instead, Navy 
systems use two or three service pumps for each propul- 
sion unit. The pumps are driven by any combination of 
electric motors, steam turbines, and mechanical drives 
from the reduction gear (called attached pumps) de- 
pending on the type of ship and number of shafts. The 
pressure is controlled by a backpressure regulating 
valve, which discharges excess oil from the service pump 
discharge header back to the sump. The valve is actuated 
by the pressure at the most hydraulically remote bearing 
in the propulsion unit 
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j. Boiler fuel service system* A typical boiler fuel 
service system is shown in Fig. 21. The fuel service system 
is designed to supply clean fuel at the correct pressure, 
temperature, and viscosity to the boiler burners. Fuel ser- 
vice systems for boilers are designed to handle bunker, 
or residual, fuels that normally contain some sediment 
and water and have a high viscosity. Fuel characteristics 
are discussed in Chapter 12* 

Two service (or settling) tanks are usually provided in 
each main machinery space so that one tank can be in 
service while the other is refilled, allowed to settle, and 
sampled, if necessary, to determine the characteristics of 
the fuel Each tank should have sufficient capacity for at 
least 8 hours of plant operation in naval applications, and 
24 to 30 hours in commercial applications* The tanks are 
provided with steam heating coils to facilitate the separa- 
tion of water and sediment from the fuel In commercial 
practice, two service pump suction tailpipes are usually 
provided in each tank* Normal operation is from the low 
suction; but, if excessive water or sludge is detected m 
the tank, operation is switched to the high suction until 
the contaminants can be removed. In U.3. Navy practice, 
a single high suction is provided for the service system, 
and a low suction is provided for the stripping system* 

Positive-displacement fuel service pumps take suction 
from the settling tanks through a strainer and discharge 
through steam heaters and strainers to the boilers* Dupli- 
cate pumps and heaters are installed, each having suffi- 
cient capacity to supply both boilers at their overload rat- 
ing as required by regulatory bodies* Piping and valves 
for the pumps and heaters are arranged so that each 
component can supply fuel from either tank to either or 
both boilers, and one component can be repaired while the 
other is in service. Strainers should be either duplex or a 
simplex type capable of being cleaned without inter- 
rupting the flow of fuel. 

Fuel temperature (and hence viscosity) for proper atom- 
ization of the fuel is maintained by a temperature sensor 
in each heater discharge, which actuates a steam pressure 
regulator in the heater steam supply* When fuels of vary- 
ing grades are to be used, a viscosimeter can be installed 
to regulate the heater automatically on the basis of viscos- 
ity rather than temperature. U.8. Navy steamships do 
not have fuel service heaters because only low-viscosity 
distillate fuels are used* 

Fuel pressure is regulated by a control valve that senses 
the fuel header pressure and opens to recirculate fuel 
back to the pump suction as necessary to maintain a con- 
stant pressure as the boiler load varies. Flowmeters and 
combustion-control valves are installed in the supply pip- 
ing to each boiler, and solenoid valves are installed jn the 
inlet to each burner. These components are associated 
with the boiler combustion control system (see Chapter 
5). The combustion-control valves modulate fuel flow to 
each boiler, and the solenoid valves are used for normal 
and emergency shutdown of the burners* 

To comply with regulatory body requirements, means 
of stopping the service pumps and closing the settling 
tank stop valves from outside the machinery space must 


be provided at a location that will be accessible in the 
event of a fire in the machinery space* 

A recirculation line is connected at each burner header. 

A two-way valve is provided in the line to direct the recir- 
culated oil to the pump suction when boilers are on tempo- 
rary standby, or back to the settling tank to purge the 
system of cold oil. The recirculation line should terminate 
near the bottom of the tank in a return bend or perforated 
header with flow directed against the side of the tank to 
prevent aeration, static discharge, and the agitation of 
sludge on'the tank bottom. 

A small fuel pump and piping from a diesel fuel or JP- 
5 tank may be installed for use during cold boiler starts 
up* 

Coamings or drip pans should be provided under pumps, 
heaters, strainers, burners, and sample connections to 
prevent spilled fuel from causing a safety hazard or drain- 
ing to th,e bilge* All flanges should have spray shields* 
Nonferrous materials should not be used in fuel service 
systems because of their detrimental effect on the fuel 
(see Chapter 12). If screwed bonnet valves are used, they 
should be of the union bonnet type capable of being 
packed under pressure* 

3.3 Diesel Plant Piping Systems* 

a* Seawater cooling system. The number and type 
of seawater heat exchangers for a diesel engine depend 
on the type and design of the engine. A seawater cooling 
system for a diesel installation is illustrated in Chapter 3. 

Seawater is typically provided to separate heat ex- 
changers for propulsion engine lubricating oil and jacket 
water* These are usually installed in series, with the jack- 
et-water cooler receiving the higher-temperature seawa- 
ter. For the larger low- and medium-speed engines, addi- 
tional seawater heat exchangers may be installed for 
cooling pistons, fuel injectors, combustion air, reduction 
gear lubricating oil, and other services* Thermostatic tem- 
perature controls are installed as required. 

Machinery plants using controllable-pitch propellers 
may also require seawater cooling for a hydraulic oil 
cooler. 

Generator engines usually require only one seawater 
heat exchanger. A separate pump may be provided for 
each generator engine, with a standby supply from an- 
other source. On U.S* Navy ships, an emergency supply 
from the firemain via a pressure-reducing valve is in- 
stalled. 

Seawater cooling pumps for diesel engines may be 
driven by power takeoffs directly from the engine. This 
reduces the number of electric motors, and reduces the 
dependence of the engine on electric power. The use of 
engine-attached seawater pumps is not recommended if 
the pump cannot be arranged and designed to ensure that 
it will be primed automatically soon after the engine is 
started. For main propulsion engines, motor-driven pumps 
are also needed to provide an alternate supply to the main 
engine as required by regulatory bodies. A cross-connec- 
tion to a ballast, fire, or other seawater pump of appro- 
priate capacity is sometimes installed for this purpose. 

Separate motor-driven pumps are generally installed to 
supply cooling water for auxiliary seawater-cooled heat 
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exchangers* If attached pumps are used for main engine 
cooling, separate motor-driven pumps are essential to cool 
auxiliaries in order to permit their operation in port with 
the main engine secured. 

A central seawater-to-freshwater heat exchanger, with 
fresh water circulated through all engine heat ex- 
changers, can be used to reduce the amount of piping 
and components exposed to seawater. These systems are 
described in Chapter 3. 

b* Lubricating-oil system, Diesel engine lubri- 
cating-oil service systems may be supplied by attached or 
motor-driven pumps, which circulate oil through filters 
and coolers to the engine. Sumps are integral with 
smaller, high-speed engines. On larger engines, an inde- 
pendent sump is installed; gravity drainage or a scaveng- 
ing pump returns oil from the engine crankcase to the 
sump tank* If an attached pump is installed, a means of 
priming with a hand- or motor-operated pump is usually 
necessary to lubricate the engine before start-up. A steam 
or electric heater may also be installed to minimize con- 
densation in the sump when the engine is idle and to 
facilitate starting in cold ambient conditions* A typical 
diesel plant lubricating-oi) system is illustrated in Chapter 
3. 

Diesel propulsion units employing reduction gears are 
usually equipped with a separate reduction gear lubri- 
cating-oi] system similar in arrangement to that for a 
steam plant* 

Diesel machinery plants usually require two or more 
different grades of oil for the engine and reduction gear, 
if fitted, and the larger engines may require additional 
grades for cylinders and pistons. Generator engines often 
require a different oil than the propulsion engine. Piping 
systems for filling* transferring, and purifying must be 
designed to prevent mixing of oil grades. Mixing of oil 
from different engines should also be avoided to prevent 
contamination in one engine from affecting another, and 
to simplify tracing the source of an oil-related engine 
problem. 

The capacity of diesel lubricating-oil storage tanks is 
greater than for a steam plant because the diesels continu- 
ously consume oil* 

Purification systems that are arranged for continuous 
purification are usually installed only for larger engines. 
If a purifier with its attached pump is not installed, a 
separate pump must be provided for tank-to-tank transfer 
functions. Smaller, high-speed engines contaminate the 
oil so heavily with fuel, which cannot be removed by cen- 
trifuging, that it is more practicable to change the oil. 

c* Fuel service system* Diesel engine fuel service 
systems are designed to handle different grades of fuel 
depending on the design of the engine. High-speed en- 
gines generally operate on distillate fuel only; medium- 
and low-speed engines generally use a blend of distillate 
and residual fuel, which is commonly known as * ‘heavy 
fuel*" 

Systems that handle heavy fuel are the more complex, 
requiring purifiers, settling tanks, heaters, mixing tanks, 
filters, and viscosity- control equipment to condition the 
fuel* Such systems are described in Chapters 3 and 12. 


Systems that handle only distillate fuel consist of ser- 
vice tanks, service pumps, and filters, connected in that 
order to deliver fuel to the engine. Heaters are not re- 
quired since the viscosity of distillate fuel is satisfactory 
for filtration and combustion. 

For propulsion engines, two service pumps are pro- 
vided; one may be engine-driven and the other a motor- 
driven standby, or both may be motor-driven. If the ser- 
vice tanks are arranged for gravity feed to the engine, 
pumps may be unnecessary. 

For generator engines, a single engine-driven pump and 
a simplex or duplex filter are normally installed. Genera- 
tor engine service tanks should be arranged for gravity 
feed to the pump, unless the engine manufacturer recom- 
mends otherwise. 

For all engines, a fuel return line with a back-pressure 
regulator is provided to return excess fuel from the en- 
gine header to the service tank* 

d* Freshwater cooling and waste-heat systems* 
The freshwater cooling pumps circulate fresh water in 
a closed circuit through the engine water jacket and a 
freshwater/ seawater heat exchanger. For some engines 
the freshwater cooling circuit also includes the lubri- 
cating-oil cooler and turbocharger air cooler; for others, 
these units are seawater cooled. For the larger propulsion 
engines, additional freshwater circuits may be provided 
to cool the fuel injectors and pistons* Diesel engine fresh- 
water cooling systems are illustrated in Chapter 3. 

Each freshwater cooling circuit requires an elevated 
expansion tank that is connected to the suction of the 
circulating pumps, and is of sufficient size to absorb the 
expansion of the coolant from room temperature to op- 
erating temperature. An air trap with a vent pipe to the 
expansion tank should be installed at a high point, prefera- 
bly at the engine water outlet. 

Three-way control valves are used for temperature reg- 
ulation. These are arranged to modulate the freshwater 
flow through the seawater heat exchanger and the heat 
exchanger bypass in response to the freshwater tempera- 
ture, usually at the engine outlet. A high -temperature 
alarm is also installed at this location. In some installa- 
tions it is necessary to drill a valve disk or install an 
orificed bypass so that water heated by the engine always 
reaches the alarm sensor even if the engine is inadver- 
tently operated with incorrect valve alignment. 

For multiple-engine installations, independent freshwa- 
ter cooling circuits may be installed for each engine to 
avoid cross-contamination and improve reliability. If a 
standby pump is installed to serve more than one engine, 
isolation valves are provided and arranged to prevent in- 
terconnection of the systems. 

Diesel engine jacket water can be used to heat other 
fluids to within about 5 deg F of the jacket water op- 
erating temperature by installing the fluid heat ex- 
changer in the jacket water loop. The most common appli- 
cation of jacket water waste heat is for distiller feed 
heating, as discussed in Chapter 17. In most cases the 
distiller is arranged in the engine jacket-water circuit with 
a three-way temperature control valve providing the re- 
quired flow of water through the distiller and bypassing 
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the remainder to the freshwater/sea water heat ex- 
changer* An additional three-way valve is installed to reg- 
ulate flow through or around the heat exchanger* The 
arrangement of control valves and their temperature set- 
tings ensures that the engine is neither overheated nor 
subcooled regardless of the engine or distiller load. A 
supplementary steam or electric heater is usually pro- 
vided to operate the distillers at low engine loads* 

Fuel, lubricating oil, and fresh water can also be heated 
if the supply of heat is sufficient. An analysis of the en- 
gine loading and heating demand for all ship operating 
modes must be made to determine which loads may eco- 
nomically be satisfied by the engine jacket water system. 

3.4 Gas Turbine Plant Piping Systems. 

a* Seawater cooling system* Gas turbine propulsion 
plants require seawater cooling for the main reduction 
gear lubricating-oil cooler and, when used, for a controlla- 
ble-pitch propeller hydraulic oil cooler. Gas turbine propul- 
sion plants that use a reversible converter coupling with 
a fixed-pitch propeller require additional seawater for the 
coupling's lubricating-oil cooler, but do not require cooling 
for controllable-pitch propeller hydraulic oil. If the engine 
employs bleed-air for starting, a bleed-air cooler is re- 
quired to protect the starter motor from high tempera- 
tures. Regenerative gas turbine engines aiso require a 
seawater-cooled heat exchanger for the intercooler* 

The reduction gear lubricating oil is used to cool the 
gas turbine lubricating oil, which is not done with other 
types of plants. This is done because: a seawater leak into 
the gas turbine lubricating-oil system would be severely 
damaging to the turbine bearings; most marine gas tur- 
bines use synthetic oil t which is not compatible with the 
copper alloys preferred for seawater heat exchangers; 
and the high operating temperature of gas turbine lubri- 
cating oil would cause scaling in seawater tubes. 

A separate motor-driven seawater cooling pump Is gen- 
erally installed for each gas-turbine-driven generator. On 
U.3. Navy ships, an emergency supply from the firemain 
via a pressure-reducing valve is also provided* 

Separate pumps for auxiliary seawater-cooled heat ex- 
changers are generally arranged similar to the setup for 
a diesel or steam plant However, when there are no ex* 
treme differences in flow requirements or pressure loss 
through main and auxiliary 7 heat exchangers, it is advanta- 
geous to combine all machinery seawater cooling services 
into a single, central system consisting of a main supplied 
by several pumps, one or more of which are standbys. 
This arrangement allows flexibility of operation, reduces 
the number of pumps required, and permits use of a single 
pump type, simplifying maintenance and spare parts* Gas 
turbine plants, being without steam condensers or large 
diesel engine coolers installed in series, lend themselves 
to such an arrangement, and U.S. Navy gas turbine plants 
generally adopt this approach. 

b. Lubricating-oil service system. Gas turbine 
plants require separate lubricating systems for the gas 
turbine and the reduction gear since each uses different 
oil* 

Gas turbines generally are lubricated by synthetic oil. 
An oil-conditioning module that is designed and built by 


the engine manufacturer and contains a tank, heat ex- 
changer, filter, and temperature- and pressure-control 
valves is usually installed adjacent to the engine. Oil is 
collected from the engine sump by scavenging pumps, 
which circulate oil through the module. The shipbuilder 
installs the supply and return piping connecting the mod- 
ule to the engine. The tank is filled and drained using 
portable containers. This system is described further in 
Chapter 4, 

Gas turbine propulsion plant reduction gears are 
equipped with a lubricating-oil system similar to that for 
a steam plant, except that a motor-driven pump is substi- 
tuted for each steam-driven pump. In addition, the reduc- 
tion gear lubricating-oil piping system is arranged to cir- 
culate a small portion of the main oil flow through the 
gas turbine cooler; the rest is bypassed around it. An 
orifice is 'installed in the bypass line to force sufficient 
flow through the gas turbine cooler. A two-w r ay tempera- 
ture-control valve, which senses gas turbine oil tempera- 
ture, is installed in the line to the gas turbine lubricating- 
oil cooler, 

c. Fuel service system. Gas turbine plants require 
a cleaner fuel than steam or diesel plants for reasons 
discussed in Chapter 12. Shipboard fuel systems for gas 
turbine machinery plants accomplish fuel purification in 
two stages. The primary stage is performed by the fuel 
transfer system, where centrifugal purifiers remove most 
water, rust, and sediment introduced into the fuel during 
transportation and storage. Seawater-compensated fuel 
tanks used on some U.8. Navy combatants increase the 
potential for water in the fuel. If not removed by the 
centrifugal units, these contaminants would overload the 
filter-coalescers in the fuel service system. The secondary 
stage is performed by the fuel service system, where finer 
filtration and further water removal ensures that engine 
fuel quality requirements are met. 

The system components in Navy service, the most com- 
mon application of gas turbine propulsion, are typically 
designed to operate with either diesel fuel or JP-5* A typi- 
cal gas turbine fuel service system is illustrated by Fig. 
22 . 

Two settling or sendee tanks, each with a capacity suffi- 
cient for 6 to 8 hours of operation, are provided in each 
machinery space. The tanks have connections to the strip- 
ping system for the removal of sludge and contaminated 
fuel. Generator engines are supplied from gravity feed 
tanks, thereby eliminating dependence on an external 
source of electric power. 

Propulsion gas turbine engines have an attached fuel 
pump, which meters balanced fuel flows to each combus- 
tion chamber. Two positive-displacement fuel service 
pumps are installed to overcome system pressure losses, 
providing a positive pressure at the attached pump inlet, 
and eliminating the need to locate service tanks above the 
engine for gravity flow. Each service pump has sufficient 
capacity to supply all propulsion and generator engines 
in the space at full power. On U.S. Navy ships, two-speed 
pumps are normally used, permitting operation of the 
pump at reduced speed for normal cruise power levels* 
This minimizes the amount of fuel spilled in the event of 
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a break in the system and reduces the amount of fuel 
returned to the service tanks. 

The service pumps are provided with controls actuated 
by a pressure switch in the pump discharge. If a low 
fuel header pressure is sensed, the operating pump is 
automatically switched to high speed. If pressure does 
not return to normal in a few seconds, the pump is auto- 
matically stopped as a fire safety feature in the event the 
pressure reduction was caused by a break in the piping* 
For the same reason, an automatic start-up of the standby 
pump is not provided* 

The fuel heater provides the correct fuel temperature 
(and therefore viscosity) for efficient separation of water 
and particulates from the fuel, and to maintain a minimum 
temperature for starting the gas turbines Ln cold ambient 
conditions. A heater outlet temperature of 85 F is satisfac- 
tory for these purposes when using diesel fuel. The fuel 
temperature is regulated automatically by a temperature 
sensor in the heater discharge, which actuates electric 
power controllers for the heater elements* A standby 
heater is not considered necessary because the reliability 
of electric heaters is high; the engines can continue to 
operate, once started, without the use of the heater; and 
filters and coalescers will continue to function, although 
at reduced efficiency, if the heater fails, If steam heaters 
are used, consideration should be given to installing a 
standby heater because of the possibility of fuel contami- 
nation with wafer from a leaking tube. 

Two filter/ separators, one a standby, are installed to 
remove particulates and water from the fuel. Each unit 
can process the rated flow from one service pump. These 
units employ two types of replaceable-cartridge elements 
to filter out solids and coalesce minute particles of water 
into droplets large enough to separate by gravity from 
the fuel stream. Each filter/separator has a drain to the 
oily-waste system. A pre-filter is installed upstream of 
each filter/separator to remove the bulk of solid matter 
from the fuel stream, extending the life of the filter/ 
separator elements. While gas turbine engines are nor- 
mally equipped with a filter at the engine fuel pump inlet, 
this is provided as emergency protection only; it does not 
have sufficient capacity for continuous filtration. 

The service pumps take suction from the service tanks 
and discharge through the heater, pre-filters, and filter/ 
separators to the gas turbines. Piping is arranged to per- 
mit any combination of components to supply the engines. 
Fuel pressure is regulated by an unloading valve that 
senses the pump discharge pressure and opens to return 
fuel to the service tanks as necessary to maintain a con- 
stant pressure as the engine load varies. Return piping is 
provided to each service tank. A valve in each return line 
is interlocked with the associated tank suction valye to 
protect against inadvertent closure of both return line 
valves, A return line from the gas turbine inlet to the 
service tanks is provided to permit purging the system of 
cold or contaminated fuel prior to start-up. 

From the filter/separator discharge, fuel is piped to the 
propulsion turbine attached pumps and to the gravity feed 
tank. The tank fill line contains an orifice sized to deliver 
slightly more fuel than required by the generator engine 


operating at rated load. Excess fuel is returned continu- 
ously through an overflow to the service tanks. 

The gravity feed tank is divided by a vertical baffle into 
two compartments, one serving the generator engine and 
one serving as an emergency supply to the propulsion 
engine. Propulsion gas turbines should be brought down 
in power gradually to reduce the temperature of internal 
components before the engine is stopped; otherwise en- 
gine damage can result. In case the electric power to the 
fuel service pumps is lost, the gravity feed tank provides 
approximately 30 seconds of fuel to permit a controlled 
shutdown of the engine. Upon a loss of pressure in the 
service system, fuel from the gravity feed tank flows back 
to the engine inlet through a check valve, which bypasses 
the tank-fill orifice. 

Stainless-steel piping and valves are recommended for 
gas turbine fuel service systems to help ensure fuel pu- 
rity, Carbon-steel piping is not recommended because of 
the potential for contamination of the fuel with rust and 
scale. While copper-nickel piping would eliminate this 
problem, it causes fuel degradation and could harm the 
engines by contaminating them with dissolved copper. 

d. Bleed-air system, A bleed-air system distributes 
compressed air from the propulsion and generator gas tur- 
bine inlet compressors to machinery plant services. Bleed- 
air is received from each propulsion and generator gas tur- 
bine and supplied (a) to idle gas turbines for starting; (b) to 
the propulsion gas turbines for motoring during cooldown 
and water-washing; and ( c ) to anti-icing manifolds in the 
engine air-intake plenums to prevent the formation of ice 
in the airstream during cold, moist ambient conditions. On 
U.8. Navy combatants, bleed-air is also distributed outside 
the hull to mask propeller and machinery noise, A typical 
bleed-air system is illustrated in Fig, 23. 

The system collects bleed-air from all turbines in a main. 
Regulating valves installed at each compressor outlet 
maintain a constant pressure in the main. These valves 
respond both to fluctuating demand and to variations in 
the available flow, which occur as engine power levels 
change. A dynamic analysis of transient system operating 
conditions should be considered when selecting valve re- 
sponse characteristics to ensure that undesirable pressure 
transients will not occur in operation. 

The temperature of bleed-air from the gas turbines in- 
creases with engine load and ambient temperature, and is 
typically in the range of 900 F. Coolers, in branches from 
the main, reduce the air temperature as required for indi- 
vidual services. A moisture separator is installed down- 
stream of the cooler that supplies starting air to remove 
water that condenses from the airstream. A continuous 
low-point drain is installed at the moisture separator and 
at each piping low point. Temperature switches are in- 
stalled to actuate high-temperature alarms. Filters are 
installed to protect components as required. 

Air supplied to gas turbine starter motors must be at a 
higher pressure for starting than for motoring. A two- 
position regulating valve is installed in the supply to each 
gas turbine starter motor. In the starting position it sup- 
plies air at system pressure; in the motoring position it 
reduces the system pressure. High-pressure air reducing 
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manifolds are installed to supply starting air when all gas 
turbine engines have been secured. 

Materials suitable for use at high temperatures must 
be used for all bleed-air piping except piping downstream 
of coolers. Piping must be designed with sufficient flexi- 


bility to absorb the dimensional changes associated with 
the wide operating temperature range. If expansion joints 
are required, the bellows should be constructed of Inconel 
625 r and the end connections should be made of stainless 
steel. 


Section 4 

Ship-Service Systems 


4.1 Fuel Fill and Transfer System. Fuel fill and trans- 
fer systems receive and store fuel, deliver it to service 
tanks for the machinery plant, transfer fuel between stor- 
age tanks, and offload fuel. Some naval ships have an 
additional requirement to deliver fuel to ships alongside. 
Fuel filling and transfer systems are illustrated by Fig. 
24. 

The filling system has port and starboard weather-deck 
hose connections that are joined to a filling main. 
Branches from the main lead to one or more manifolds, 
from which a tailpipe extends to each fuel storage tank. 
The tailpipes must run low in the ship since they are used 
for transfer pump suction as well as filling. 

Since the highest system flow usually occurs during 
filling, the filling rate will usually determine storage tank 
tailpipe sizes. However, tailpipe sizes should also be 
checked for adequate pump-suction pressure during 
transfer operations. Piping should permit filling with a 
specified deck pressure at the design filling rate, consider- 
ing fuel viscosity at the design ambient temperature. The 


design filling rate should be sufficient to take aboard 
about half the ship fuel capacity in no more than one watch 
(4 to 8 hours). To minimize time alongside replenishment 
ships, U.S. Navy ships are equipped for refueling at sea 
at much higher rates, typically 3000 gpm per hose through 
one to four hoses, depending on ship size, with a design 
flow of 500 gpm to each storage tank, or 1000 gpm to each 
compensated fuel tank group. 

Two fuel-transfer pumps should be provided. Each 
transfer pump should be sized to fill the largest service 
tank at a rate sufficient to allow adequate time for settling 
and sampling before putting the tank on line. On a U.S 
Navy ship, for example, the transfer system is designed 
to refill a service tank having an eight-hour capacity in 
about two hours. 

In selecting the transfer pump capacity, consideration 
may also be given to providing the capability to offload 
about half the ship fuel capacity during daylight hours in 
preparation for repairs or drydocking. The capability to 
transfer fuel for trim correction may also be an important 
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factor. Both transfer pumps may be considered in use 
for offloading and trim correction. For U.S. Navy ships 
having a fueling-at-sea capability, the number and capac- 
ity of transfer pumps may be determined by the delivery 
rate. 

Transfer piping is arranged so that the pumps can 
transfer fuel from storage tanks to service tanks, and 
from storage and service tanks to the deck connections 
for offloading. Piping should also be provided to transfer 
fuel between storage tanks for consolidation prior to refu- 
eling and to adjust the trim of the ship. 

On ships using heavy or residual fuel, storage tanks 
should be provided with heating coils to raise the fuel to 
the pumping temperature. 

On ships having diesel or gas turbine machinery plants, 
fuel transfer systems are also used for fuel purification. 
Centrifugal purifiers should be provided to remove water 
and sediment from the fuel prior to delivery to the service 
tanks. A heater is installed upstream of each purifier to 
provide the correct fuel temperature (hence viscosity) to 
the purifier. The purifiers and heaters are connected in 
series with the transfer pumps. The transfer system is 
also connected to the low suction of each fuel service tank 
so that contaminated fuel can be drawn from the tank and 
circulated through the purifiers back to the tank. Ships 
using residual fuels for diesel or gas turbine engines may 
also incorporate fuel water-washing equipment in the 
transfer system, as described in Chapter 12. 

Since regulatory body requirements prohibit routine 
ballasting of fuel tanks, the fuel, bilge, and ballast sys- 
tems should normally not be interconnected. However, 
some ships must be able to ballast fuel-storage tanks with 
seawater to improve stability in an emergency. In such 
cases, cross-connections between the fuel-storage tank 
tailpipe manifolds, the ballast system (for filling), and the 
bilge system (for emptying) are necessary. Ballasting fuel 
tanks is an emergency operation since the resulting bal- 
last water will be contaminated with oil, which presents a 
disposal problem. The bilge system is used for deballast- 
ing to avoid contaminating the ballast system with oil. 
Commercial ships with the capability to ballast fuel tanks 
are required by U.S. Coast Guard rules to have an oil/ 
water separator and oil-content monitor capable of pro- 
cessing the ballast water, or the ability to retain contami- 
nated seawater ballast until reaching port, where it is 
discharged to shore via deck connections. 

In addition to the transfer system piping, a separate 
fuel-stripping system is provided on many U.S. Navy ships 
to improve fuel management. This system consists of 
stripping pumps, separate tank tailpipes, and a contami- 
nated-fuel settling tank. The tailpipes take suction close 
to the bottom of each fuel storage and service tank to 
remove water, sludge, and contaminated fuel, which are 
discharged to a contaminated-fuel settling tank. Fuel col- 
lected in this tank is heated and allowed to settle. Re- 
claimed fuel is returned to the storage tanks. Fuel that 
cannot be reclaimed is pumped to a waste-oil tank, 

4.2 Bilge and Ballast Systems. Bilge and ballast sys- 
tems, while having two distinct functions, are intercon- 
nected so that the same pumps (commercial practice) or 


eductors (U.S, Navy practice) commonly serve both func- 
tions, and piping is arranged so that each system can 
operate independently. Typical bilge and ballast systems 
are illustrated by Fig. 25. 

Bilge systems are provided primarily for the safety of 
the ship, and are subject to extensive regulatory -body 
requirements, A bilge pumping system is provided on all 
ships to permit emergency dewatering of all watertight 
compartments, except for ballast, oil, and water tanks 
that have independent means for filling and emptying. 
The system also provides drainage for spaces such as 
anchor-chain lockers where winter may accumulate during 
normal operation of the ship and cannot be drained by 
gravity. The bilge system should be capable of draining all 
tank tops, watertight flats, and insulated holds. Separate 
hand pumps or firemain-aetuated eductors are normally 
installed for isolated areas such as chain lockers and decks 
over peak tanks. Where drainage from a particular com- 
partment is considered undesirable, it may be omitted 
provided the safety of the ship is not affected. 

During normal ship operation, the bilge system is in- 
tended to discharge overboard only dean water. Only in 
a flooding emergency should bilge water from machinery 
spaces or other compartments where oil is likely to be 
present be discharged overboard. The collection and dis- 
posal of oily bilge water are normally accomplished by the 
oily-waste system (see Section 4.3) to contain potential 
pollutants. However, bilge pumps may be arranged to 
discharge oily bilge water to a holding tank, from which 
it is pumped ashore by way of deck hose connections. This 
capability is advantageous in the event of a major leak or 
spill since the oily-waste transfer system is typically of 
low capacity. 

The number and capacity of bilge pumps (or their equiv* 
alents) are determined in accordance with regulatory- 
body requirements depending on the ship size, type, and 
service. At least two bilge pumps must be provided on all 
ships. Although bilge pumps may also serve other sys- 
tems, such as ballast, fire, or seawater cooling, at least 
one pump must always be available for pumping bilges. 
For passenger ships, regulatory bodies require the pumps 
to be located in separate watertight compartments, with 
piping and electric power supplies arranged so that flood- 
ing of any compartment will not render all pumps inopera- 
ble. This should also be the case on other types of ships 
to the extent practicable. 

Suction tailpipes should be sufficient in number so that 
the system is capable of dewatering the ship under all 
practicable conditions of list and trim, and should be lo- 
cated at the low point of a space. Multiple suctions should 
be provided in large spaces and in each space whose shape 
prevents water from collecting at a single drainage point. 
Machinery spaces should have at least two suctions, one 
forward and one aft. A space having a broad, flat bottom 
should have four suctions, arranged with one located port 
and starboard at the outboard ends of the space. Suction 
tailpipes should terminate in a drain we 11 or sump when- 
ever practicable. 

Bilge piping should be arranged to prevent cross-flood- 
ing between compartments in the event of damage. Since 
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bilge suction tailpipes are open to the space, each tailpipe 
should have a check valve to prevent flooding of the space 
it serves in the event of flooding and damage to the piping 
in another space. If a tailpipe penetrates a bulkhead, the 
check valve should be installed at the bulkhead within the 
space it serves. Otherwise, a stop-check valve should be 
installed at the connection to the suction main or in the 
manifold to which the tailpipe is connected. Bilge piping 
passing through a tank should be installed within a trunk, 
or be constructed of extra-heavy pipe with welded joints 
throughout the tank and bends for flexibility. On passen- 
ger ships, bilge piping must be arranged inboard of the 
shell a distance equal to one-fifth the beam of the ship to 
reduce the risk of collision damage. 

Bilge piping for the cargo pump room, and other spaces 
where flammable gases may be present, should not pro- 
vide a connection to the machinery space or other spaces 
where sources of ignition may be present. 

Bach suction tailpipe valve should be operable from 
the space containing the pump that normally serves the 
tailpipe. For passenger ships, valves must be operable 
from above the bulkhead deck. Valves in machinery 
spaces should be operable from above the floor plates. 


Each bilge suction tailpipe should be provided with a 
strainer. Machinery space strainers should be easily ac- 
cessible from the floor plates and of a type that is easily 
cleaned. In other spaces, box strainers may be used. 
Strainers should have an open area not less than three 
times the area of the suction pipe. Additional strainers 
should be provided in the bilge pump suctions. 

Suction tailpipes are connected to manifolds or suction 
mains leading to the bilge pumps. Suction piping is nor- 
mally installed so it is common to all pumps, although 
space arrangements on some ships may dictate that sepa- 
rate systems be provided. 

The minimum size of suction headers and tailpipes is 
established in accordance with regulatory-body require- 
ments. However, pressure-loss calculations should be per- 
formed to confirm that pump suction lift requirements 
are satisfied. 

An independent bilge suction leading directly from the 
machinery space bilge to one of the bilge pumps is in- 
stalled to permit rapid initiation of emergency dewater- 
ing; on passenger ships such a connection is installed for 
each bilge pump. 
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Bilge pumps normally discharge directly overboard 
when used for space drainage. When bilge pumps are 
used for other services, pump suction and discharge 
valves must be provided so the bilge pumps can be isolated 
from all other systems and connected to the bilge piping. 
These valves should be operable at the pump. Overboard 
discharge connections should be combined with other ser- 
vices where practicable to minimize the number of shell 
penetrations. 

Since bilge pumps are usually of the centrifugal type 
and the level of liquid is below the pump, a priming capa- 
bility should be provided by using self-priming pumps, 
installing a vacuum priming system, or other means. 

Navy ships commonly use eductors rather than pumps 
for dewatering flooded compartments. Eductor actuating 
water is provided from the firemain. The eductors take 
suction on a common bilge drainage main with branches to 
compartments served. Piping, valves, and valve actuators 
should be arranged so that if any space is flooded, educ- 
tors in an adjacent space can dewater it On larger combat- 
ants, a loop main may be provided for increased survivabil- 
ity. The same system is used for deballasting via ballast 
tank tailpipes. 

A ballast pumping system is provided to adjust the trim 
and draft on ships having ballast tanks. The system capac- 
ity is determined by the rate of draft or trim adjustment 
required. For tankers and containerships, the required 
rate depends on the cargo loading and unloading times, 
the water depth at terminals, and the tolerance of cargo 
cranes, booms, and hoses for changes in draft of the ship. 

For commercial ships ballast is normally handled by the 
bilge and ballast, seawater cooling, or fire pumps. The 
high ballast flow rates on tankers necessitate the use of 
special ballast pumps, which are usually installed in the 
cargo pump room. In such cases, ballast tanks that are 
not in the cargo tank area, such as aft peak tanks, are 
filled and emptied by a machinery space ballast system. 
On U.S. Navy ships ballast tanks are normally filled from 
the firemain, and emptied by the bilge drainage eductors. 

Individual ballast tank tailpipes should be provided and 
connected to mains or manifolds. The arrangement is simi- 
lar to the bilge system except that tailpipes do not have 
check valves, and pump suction and discharge piping is 
arranged to permit flow both to and from the tanks. A 
ballast line which bypasses the pump is sometimes pro- 
vided for gravity filling of the tanks if the tank location 
is sufficiently below the waterline to develop the required 
flow rate through the piping. The piping arrangement 
should permit ballast to be moved between any tank and 
the sea. The capability to transfer between tanks is not 
required unless dictated by the specific needs of the ship, 
such as for icebreaker heeling. 

4.3 Oily- Waste System. An oily-waste system consol- 
idates and disposes of oily waste and waste oil that collect 
in machinery spaces. The term "oily waste” refers to 
waste liquid that is mostly water, while “waste oil** de- 
notes liquid that is mostly oil. Such wastes cannot be 
discharged overboard because of pollution abatement reg- 
ulations. An oily-waste system is usually kept separate 


from a bilge system to avoid contamination of bilge-sys- 
tem piping with oil that could subsequently be discharged 
overboard. In addition, the bilge system pumps and piping 
are designed for the high flow rates needed in an emer- 
gency and so cannot be used efficiently for handling small 
quantities of waste liquids. 

Drip pans, funnel drains, and gravity-drain piping 
should be provided wherever practicable to collect oily 
waste and waste oil at the source and convey it to a collect- 
ing tank. Oil-free water should be piped directly overboard 
or to waste-water tanks to reduce the volume of bilge 
waste. Liquid that accumulates in bilges in spite of these 
measures is collected in drain wells. 

A typical oily-waste system is shown in Fig. 26. The 
oily-waste system takes suction on the drain wells and 
discharges to an oily- waste collecting tank. In U.S. Navy 
practice this is usually accomplished by an oily-waste 
transfer pump taking suction on a main, which has 
branches to each drain well. A separate pump is normally 
provided in each main machinery space. Commercially, a 
float-operated automatic sump pump discharging to an 
oily-waste collecting tank is usually provided in each drain 
well; this arrangement is desirable with unattended ma- 
chinery spaces. 

The contents of the oily-waste collecting tank are pro- 
cessed by an oil-water separator, which normally produces 
an effluent that is suitable for overboard discharge. An 
oil-content monitor is provided to continuously measure 
the oil content of the effluent. If the set limit on oil content 
is exceeded, the effluent is automatically recirculated to 
the collecting tank, or the separator is stopped. Oil is 
discharged via separate piping to the waste-oil tank. 

Piping is provided to discharge oily waste and waste oil 
to shore collection facilities via port and starboard hose 
connections on the weather deck. The oily-waste transfer 
pump or the oil-water separator pump, as applicable, is 
arranged for this purpose. In either case, the pump head 
must be sufficient to provide adequate pressure {approxi- 
mately 10 psi) at the hose connection for discharge to 
shore. The deck flanges are required to be of a standard 
design [19] to ensure compatibility with all port facilities. 
Piping may also be provided for discharging waste oil 
to the incinerator or the boilers on commercial ships so 
equipped. 

4.4 Freshwater Service Systems. Freshwater service 
systems supply shipboard hotel services and various other 
demands depending on the type of ship. 

Fresh water may be carried aboard in sufficient quan- 
tity to support all services for the design duration of a 
voyage and replenished from port facilities, or it may be 
produced from seawater by onboard desalination units. 
Ships designed for ocean service, or for coastwise service 
with a large complement of crew or passengers, should 
generally be provided with one or more desalination units. 

The minimum capacity of the desalination unit, usually 
expressed in gallons per day, must be sufficient for the 
total daily freshwater consumption plus a margin for fu- 
ture growth when anticipated. The minimum estimated 
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Table 10 Daily per-capifa freshwater consumption, gallons 


Water Use 

Commercial 

Applications 

U.S, Navy 
Applications 

Drinking 

Personal hygiene 
Galley/ scullery 
Laundry 

Flushing 

0,7 

21.0 

7.3 

1.0 

vacuum gravity 
system system 

vacuum 

system 

30 

gravity 

system 


2-4 

35 

2 

0 D 

Total 

32-34 

65 

32 

30 


* On U.S. Navy ships, seawater is used for flushing when a gravity 
drain system is installed. 


daily freshwater requirements for human use may be de- 
termined from Table 10, There are also freshwater re- 
quirements for other uses, such as boiler makeup ffeed, 
gas turbine water-wash, freshwater cooling system 
makeup, window-washing systems, photographic labora- 
tories, and washdown of aircraft or other vehicles carried 
on board. Guidance for determining the requirements for 
these purposes may be found in references 20 and 21. 

Desalination units can be of various types, as discussed 
in Chapter 17. The machinery plant selection determines 


the heat source available and is a primary consideration 
in selecting the desalination units. 

Two desalinators should normally be provided to permit 
underway maintenance without interrupting water pro- 
duction* U.S, Navy practice for single- and twin-screw 
ships is to provide two units, each capable of meeting the 
full daily demand. The installation of three units, with two 
required to meet the demand, may also be advantageous* 
For quadruple-screw ships, at least four units are in- 
stalled, with any three capable of meeting the full de- 
mand, For commercial applications, a single unit may be 
provided if the potable-water storage tank volume is suffi- 
cient to meet emergency needs and the unit installed is a 
highly reliable design. 

Potable water is fresh water that is obtained from shore 
or a desalination plant, stored in onboard tanks, treated 
to make it safe for human use, and distributed throughout 
the ship to sinks, lavatories, showers, galleys, laundries, 
drinking fountains, etc. 

Desalinated water is fresh water obtained directly from 
a desalination plant. It is distributed to services that re- 
quire water with levels of dissolved solids, suspended sol- 
ids, and ionic impurities lower than those necessarily 
found in potable water* Such services include boiler 
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makeup feed, gas turbine water-washing, and electronics 
cooling-water systems. A separate desalinated water sys- 
tem is provided on most U.S, Navy ships, but is not re- 
quired on most commercial designs. When provided, the 
system includes desalinated water storage tanks, pumps, 
and distribution piping that are independent of the other 
freshwater systems. 

On commercial ships, a separate wash-water system is 
sometimes provided for services that do not require water 
of potable quality, including lavatories, showers, and laun- 
dries. This reduces the amount of water to be treated and 
the quantity of piping that must be designed to satisfy 
health regulations. However, a single system is normally 
provided to simplify tankage and piping. The design of 
wash-water systems is further discussed in reference 6. 

A potable-water system must be designed to prevent 
contamination by substances harmful to human health. 
The system must not be cross-connected with any other 
system. Valves and blind flanges are not considered de- 
pendable means of separating potable-water piping from 
other systems. Where potable water is delivered to equip- 
ment that could contain water of inferior quality, an air 
gap of at least two supply pipe diameters must be provided 
between the supply and receiving connections. Examples 
of connections that must have an air gap are the supply to 
galley and pantry sinks, dishwashers, vegetable peelers, 
steam kettles, laundry equipment, sterilizers, and plumb- 
ing fixtures of all types. The location of a faucet above 
the rim of a lavatory or other open receiving vessel consti- 
tutes an adequate air gap. Where a permanent connection 
to another system is required, a backflow preventer 
should be installed [6]. 

Piping is provided to fill the potable-water storage 
tanks from port and starboard deck-hose connections 
when in port, and from the desalination plants when at 
sea. An interlocked valve manifold is provided at the desa- 
linator and arranged so it can discharge to only one sys- 
tem at a time to prevent contamination of the potable- 
water system. A relief valve should be installed in the fill 
piping to protect the storage tanks from overpressure. 

A disinfection system is provided to kill bacteria before 
water enters the potable-water distribution piping. The 
system may be of a type that injects an amount of chlorine 
or bromine in proportion to the quantity of water being 
treated. Equipment employing ultraviolet radiation may 
also be used in commercial applications; however, such 
equipment does not provide a residual disinfectant in the 
potable water. The disinfection system is arranged to 
treat water as it leaves the desalinator, and to treat water 
in the storage tanks through recirculation. 

Two potable-water pumps should be provided, with one 
a standby. The capacity of each potable-water pump 
should be sufficient to satisfy the peak demand. A method 
of establishing peak demand based on the number and 
type of installed plumbing fixtures is described in refer- 
ence 11. Any loads in addition to plumbing fixtures, which 
are constant or of periodic long duration, should be added 
to the peak demand. 


On large ships with many users, the demand is usually 
such that the pump may be allowed to operate continu- 
ously; however, a recirculation line is necessary to protect 
the pump from overheating during occasional periods of 
zero demand. On ships with few users, the pump would 
operate against shutoff head for long periods of time if 
operated continuously, thereby reducing its life. In such 
cases a compression tank is connected to the system di- 
rectly downstream of the pumps. The tank is partially 
filled with pressurized air, and acts as an accumulator. 
When water usage reduces the tank air pressure, a pres- 
sure switch starts the pump to refill the tank; the pump 
is stopped when the pressure is restored to normal. A 
pump recirculation line is not necessary when using a 
compression tank. In U.S. Navy practice a compression 
tank is Installed on ships carrying fewer than 200 persons. 

A vacuum priming system should be provided for the 
potable-water pumps if the storage tanks are not located 
so that the pumps will always have positive submergence. 

Water heaters are installed to supply hot potable water 
to showers, lavatories, sinks, laundry, galley, and other 
services. Water heaters can operate with steam, electric- 
ity, or diesel engine jacket water. When water heaters are 
operated with waste heat, an electric heater should be 
provided for use in port when the engines are secured. 
Heaters can be of the storage or instantaneous type. Wa- 
ter heaters should be of sufficient capacity to meet peak 
demand when usage is high, such as at the change of the 
watch and during meal preparation periods. The heating 
source should be controlled by a thermostatically operated 
switch or valve to limit the water temperature. Valves 
should fail closed. Each heater should have a relief valve 
that discharges to a deck drain in a manner which will not 
endanger personnel. 

A single heater is usually installed in a central location 
for small crews. When a large number of fixtures in sepa- 
rated spaces must be served, multiple heaters should be 
installed in distributed locations close to major users. The 
most efficient arrangement must be determined with con- 
sideration to the location and demand of users, the re- 
quired water temperature of each user, and the availabil- 
ity of heating media. Dedicated heaters should be 
provided to satisfy the large flow demand and higher 
temperatures normally required for laundries, galleys, 
and similar services. 

Water heaters are supplied through branches from the 
potable-water distribution piping. Each heater should be 
provided with a recirculation loop to maintain hot water 
near each user, thus reducing potable- water wastage. The 
recirculation loop connects the pipes supplying the most 
remote users to a pump, which discharges into the water 
heater inlet and provides a continuous flow of 5 to 10 gpm, 
depending on loop length, in the hot-water distribution 
piping. 

Potable-water pump suction and discharge piping and 
potable-water mains should be sized for the rated potable- 
water pump capacity. Each segment of distribution piping 
should be sized for the peak load in that segment based 
on the fixture unit method [11]. Branches to individual 
fixtures should be sized for the rated flow of the fixture. 
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Pipe sizes should be sufficient to deliver the required flow 
to the most remote fixtures when the system is operating 
at full capacity. 

Design details to be considered when developing a pota- 
ble-water system are as follows: 

* Bolted connections should not be made through the 
shell of potable- water tanks. 

* Pumps, manifolds (filling, transfer, and suction), 
and gages should be grouped. 

* Potable-water services should be grouped to mini* 
mize the number of branches from the main. 

* Potable-water piping should not be run through 
bilges. 

* Each branch connection from the potable-water 
main should have a stop valve to permit local maintenance 
without securing the entire system. 

* A check valve should be installed in the supply to 
each water heater to prevent hot water from entering the 
cold-water piping. 

* All piping exposed to the weather should have a 
means for draining to prevent freezing. 

* Hose valves and piping for receiving water or dis- 
charging water overboard should be installed in a hori- 
zontal position about 2 ft above the deck and in a protected 
location. Each hose connection should have a cap and 
chain. A label plate should be installed inscribed “potable 
water only” 

* Locked, vermin-proof lockers or other suitable stor- 
age should be provided for potable-water hoses and fur- 
nished with a label plate inscribed “POTABLE water hose 
STOWAGE ONLY.” 

* Each hose connection used to supply potable water 
to another system should have a warning label plate in- 
stalled in a conspicuous location inscribed “HOSE shall 
BE DISCONNECTED WHEN NOT IN USE.” 

* Piping to each hose connection should be provided 
with a stop-check valve and a vacuum breaker in that 
order from upstream to downstream. 

4,5 Chilled-Water Systems. Chilled-water systems 
circulate fresh water at a temperature of 42 to 45 F in 
a closed loop between air-conditioning plant chillers and 
services throughout the ship. Chilled water is primarily 
used in air-conditioning systems, which are described in 
Chapter 21. However, additional users include drinking- 
water coolers, sample coolers, and other services requir- 
ing a consistent cooling-fluid temperature, which is not 
possible using seawater. On most U.S. Navy ships, the 
cooling of electronics for combat systems is a substantial 
load on the chilled-water system. 

The routing of chilled-water piping throughout the ship 
is preferable to refrigerant piping, supplying difect- 
expansion cooling coils, because a prohibitive quantity of 
costly refrigerant would be required and there wmuld be 
a high potential for refrigerant leaks, which are difficult 
to locate and repair. In addition, long runs of refrigerant 
piping are difficult to arrange on several levels while en- 
suring proper flows and temperatures throughout the 
system. 


Chilled-water plants can be of various types; however, 
each plant has a compressor, chiller (evaporator), con* 
denser, and associated components and controls, as de- 
scribed in Chapter 21. The method of cooling the water has 
little effect on the design of the chilled-water circulation 
system. 

The total cooling load as wall as the number and capac- 
ity of chilled-water plants is usually determined by the 
air-conditioning system designer. At least two plants are 
normally installed to meet the demand, although on small 
commercfel ships a single plant is sometimes sufficient 
On U.S. Navy ships four or more plants are provided, with 
one plant as a spare, and the units are usually placed in 
separated locations for survivability reasons. 

One chilled-water pump is provided for each plant. For 
a commercial application, the pump capacity is generally 
2.4 to 3 pun per ton of cooling capacity. U.S. Navy plants 
are designed for a flow of 3.6 gpm per ton; however, the 
installed^ chilled-water pump is usually sized for 4.5 gpm 
per ton to provide a margin for growth. 

The pump takes suction on the chiller outlet and dis- 
charges to the circulation piping. An expansion tank is 
installed at the pump suction and is pressurized to main- 
tain a positive pressure of at least 5 psi at the highest 
point in the system under all conditions. A recirculation 
line with a control valve is provided to maintain a mini- 
mum flow through the chiller during periods of low 
demand. 

Chilled-water piping consists of a riser connecting each 
plant to a distribution main, and branches from the main 
to each service. Each run of pipe is duplicated, one for 
supply and one for return. Each cooled unit must be pro- 
vided with a means of flow regulation to balance the flow 
in the system. Constant-flow' fittings, orifices, and manual 
throttle valves are used for this purpose. High-point vents 
must be installed to remove air from the system. 

On U.S. Navy ships having multiple plants, the chilled- 
water piping is arranged in zones, with each zone serving 
a group of loads and supplied by one or more plants and 
risers. The zones should be separated by segregation 
valves. Vital loads should be supplied by branches from 
each of two different zones. Combatant ships should be 
provided with two or more mains arranged in a loop and 
separated both horizontally and vertically for survivabil- 
ity reasons, 

4,6 Plumbing Drains and Van!*. The plumbing drain 
system collects waste liquids from plumbing fixtures, in- 
terior- and weather-deck drains, and air-conditioning cool- 
ing coils. Plumbing vents connect plumbing drain piping 
to the weather to remove odors and prevent the buildup 
of positive or negative internal pressures. 

Two independent plumbing drain systems should be 
provided. Soil drain piping collects sewage, also called 
“black water,” from toilets and urinals. Waste drain pip- 
ing collects liquids from sinks, lavatories, showers, laun* 
dries, galleys, and similar sources; such w T astes are com- 
monly called “gray water.” Separate soil and waste drain 
systems are necessary to protect human health and be- 
cause regulations for restricting pollution are different 
for each type of waste. 
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Black water may generally be discharged at sea beyond 
a minimum distance from land; but while near land, in 
port, and in some restricted waters, regulations usually 
prohibit, black- water discharges. Since most ships operate 
in areas where black-water discharges are prohibited, pro- 
visions for the onboard retention or treatment of black 
water are commonly provided. 

For ships that transit restricted waters in a short time, 
a temporary holding tank may be sufficient provision for 
handling black water. But for long-term operation where 
discharges are prohibited, a sewage-treatment device may 
be necessary. 

Sewage-treatment processes include biological diges- 
tion, filtration, chlorination, and incineration. All except 
incineration require the overboard discharge of a purified 
effluent that meets pollution regulations for organic and 
bacterial content. 

The required capacity of a black-water holding tank is 
determined by the number of people on board, the per- 
capita waste generation rate (see Table 10), and the hold- 
ing time required. The holding tank should be provided 
with an aeration system, a vent to the weather, a floatless 
level indicator, and connections for internal flushing with 
seawater or fresh water. Two pumps should be provided 
and arranged for discharging tank contents overboard or 
to hose connections on the weather deck. The pumps must 
be of a type designed for operation with sewage to prevent 
clogging with solids. 

The direct overboard discharge of gray water is also 
restricted in some waters. For ships that operate in such 
restricted waters, a holding tank or treatment derice is 
also required for gray water. 

U.S. Navy ships are provided with holding tanks for 
black water Holding tanks on larger U.S. Navy ships also 
collect gray water. The capacity of holding tanks should 
be sufficient for at least 12 hours of accumulation to per- 
mit the ship to traverse restricted waters en route to 
port reception facilities or open seas. Commercial ships 
generally are provided with sewage treatment devices 
capable of processing black water; a gray water treatment 
or holding capability should also be provided if necessary 
for the operating area. 

Multiple holding tanks or treatment units may be neces- 
sary if the ship arrangement does not permit gravity 
drainage from all sources to a single tank. 

Soil drains are collected in branches leading to one or 
more mains, which discharge into a holding tank or treat- 
ment device. Each main should have a three-port, two- 
position, ball- or plug-type diverter valve that can be 
aligned with either an overboard discharge connection 
or a tank. The diverter valves and overboard discharge 
connections may be omitted if the ship is not intended to 
operate where direct overboard discharge is permitted. 
Soil drains originating lower than about 4 ft above the 
waterline cannot be drained overboard and must be led 
directly to a holding tank. 

Waste drains are collected in branches and mains simi- 
lar to soil drains. Waste piping should be independent of 
soil piping except that it may be connected to common 
overboard discharge connections, and may be connected 


to a common holding tank or treatment device. A check 
valve should be installed in waste piping at each connec- 
tion to soil piping. 

Drains from refrigerated food storage rooms and appli- 
ances used to prepare or store food must discharge to the 
waste drain system through an air gap equal to twice the 
diameter of the drain, but not less than 2 in. On U.S. Navy 
ships, medical space waste drains must be segregated 
from others. 

Weather-deck drains should be led to overboard dis- 
charge connections near the waterline. Interior deck 
drains are also directed overboard if they originate from 
spaces sufficiently high above the waterline; otherwise, 
they are connected to the w^aste drain system. Deck drains 
should be provided wherever water may accumulate in 
the normal use of the space or intrude from weather open- 
ings. If the space is likely to generate oily waste in signifi- 
cant quantity, the drains should be directed to the oily- 
waste collecting system. 

Piping for gravity drain plumbing systems should be 
installed with a minimum, continuous downward pitch of 
from 1/8 to 1/2 in. per foot of horizontal distance. The 
required pipe size decreases with increasing pitch. A pitch 
of 1/2 in. per foot is preferred, particularly for fore-and- 
aft pipe runs. 

Soil and waste drain piping should be arranged in ac- 
cordance with the provisions in reference 6. 

Valves in gravity drain plumbing systems should be of 
a non-clog design such as ball, plug, or gate valves. Each 
plumbing fixture and deck drain should have a trap in- 
stalled. Branches should be connected to mains using Y- 
fittings instead of right-angle tees. A cleanout should be 
installed at each change in direction greater than 45 deg, 
in horizontal runs at intervals no greater than 50 ft, and 
at the base of each vertical pipe run. Overboard discharge 
valves should be of the gag scupper type to permit them 
to be closed in an emergency to prevent flooding. 

Plumbing system trap seals should be protected from 
siphonage or back pressure by vents connected to the 
drain piping. Vents should be sized to allow sufficient 
airflow so that under normal use the seal of any fixture 
trap is not subjected to a pressure differential of more 
than 1 in, of water. A vent sizing method is described in 
reference 11. A vent should be installed as a continuation 
of each vertical drain header, with individual fixture drain 
vents connected to it. The open end of the vent pipe should 
not be below the level of the highest trap weir. All vent 
piping should be sloped to drain back to the soil or waste 
pipe. 

Vents should terminate in the weather. Vents from fix- 
tures above the watertightness level should terminate 
just below the deck next above the deck on which the 
fixture is located. Vents should be welded directly to the 
structure where they penetrate the shell or superstruc- 
ture. A “T” outlet of the same size as the vent, or a half- 
round pipe section, should be installed at the outlet end 
of each vent. Soil vents should not terminate near hatches, 
doors, air ports, ventilation intake openings, or galleys. 

Vacuum collection is an alternative to gravity drainage 
for black water, gray water, or both. Vacuum-collection 
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systems employ special plumbing fixtures, a vacuum 
source, and a tank. Vacuum piping links the fixtures to 
the tank. 

Two basic types of vacuum-collection systems are used. 
One makes use of a collection tank that is under vacuum. 
The other applies a vacuum source to the collection piping 
near the tank inlet, then discharges the collected waste 
into a tank that is at atmospheric pressure. 

Vacuum collection is preferred for some applications 
since the piping is much smaller than gravity-drain piping, 
the piping does not have to be installed with slope, and 
vents are not required. In addition, vacuum water closets 
and urinals require only about 10% of the freshwater us- 
age of standard units. 

4.7 Firemain Systems. A firemain system supplies 
seawater at high pressure throughout the ship for sprin- 
kling systems and hand-held hoses. Seawater is an essen- 
tial shipboard extinguishing agent because it is in abun- 
dant supply, it can be applied as a stream or spray to suit 
various fire-fighting situations, and it is a highly effective 
cooling agent, which can prevent reflashing of combusti- 
ble material, retard the spread of fire through ship struc- 
ture, and protect fire-fighting personnel 

The common elements in all firemain designs are: cen- 
trifugal fire pumps operating at high pressure to provide 
effective hose stream reach, penetration, and spray for- 
mation; a piping system extending throughout the ship; 
and various means of applying seawater to a fire. Beyond 
these common elements, the design of firemain systems 
depends on the ship size, type, and service. 

a. Commercial applications. A firemain system for 
a tanker is illustrated by Fig, 27. Firemain systems for 
commercial ships are designed to discourage uses other 
than for fire protection to ensure that the full capacity of 
the system will be available in an emergency, with mini- 
mal realignment of pumps and valves. Fire pumps may 
be used for other services, such as bilge, ballast, and 
seawater cooling, provided that at least one pump is kept 
immediately available for firemain service. Branches from 
the firemain for other than fire-protection purposes are 
generally not permitted, but piping that supplies another 
service is usually required to be connected at the pump, 
rather than to the firemain, and must have a local valve 
arranged to immediately isolate the other service. Excep- 
tions may be made for low-demand services such as deck 
and anchor washing, provided the demand of these ser- 
vices is added to the required pump capacity. On tankers, 
connections for cargo-tank cleaning are frequently al* 
lowed without increasing the pump capacity on the basis 
that such use is obvious to the crew and can be immedi- 
ately secured if necessary. 

Fire pumps must not be connected to any oil piping. 
Connection to the bilge system is permitted for emergency 
dewatering. 

At least two fire pumps should be installed. Pumps may 
be driven by electric motors, steam turbines, or internal- 
combustion engines. The pumps, sea chests, and sources 
of power should be located in separate spaces to ensure 
that a fire in one space will not disrupt operation of both 
pumps. 


The minimum required capacity of each fire pump de- 
pends on the ship size and service. In general each fire 
pump must have a capacity sufficient to meet the greater 
of two criteria: either a minimum flow rate based on ship 
size, or the simultaneous supply of a minimum number of 
fire hoses operating at the required pressure. The mini- 
mum number of hoses and required hose nozzle size (V/ 2 
or 2V 2 in.) depend on the ship type. The capacity of each 
pump must be sufficient to meet the hose stream require- 
ments while supplying any non-fire protection services 
connected4to the firemain. The combined pump capacity 
must be sufficient to meet hose stream requirements 
while simultaneously supplying sprinkling systems, such 
as the deck foam system on tankers. 

The rated head of fire pumps must be sufficient to 
provide a minimum pressure of 50 psi for non-tankers, or 
75 psi for tankers, at the most remote fire-hose nozzles 
with the required number of hoses operating simultane- 
ously. Eabh fire pump discharges to a common firemain, 
which extends throughout the ship, with a branch to each 
service. The combined static and friction losses to the 
most remote fire hoses determine the required head. The 
fireplugs at the highest level of the superstructure usu- 
ally constitute the worst case; however, on some ships the 
horizontal length of the firemain may be such that friction 
losses to the most distant fireplug will govern. The resul- 
tant fire pump head is usually in the range of 100 to 150 
psi. 

The fire pump head needed to supply fireplugs high in 
the superstructure may result in excessive pressure at 
hoses in machinery spaces and other locations low in the 
ship. Excessive pressure makes hose nozzles difficult to 
handle and may make snaking hoses within the ship im- 
possible. In such cases a pressure-reducing station should 
be provided for the lower fireplugs. 

Fireplugs should be placed so that all parts of living 
quarters, storerooms, working spaces, and weather decks 
accessible to the crew while at sea can be reached with 
two effective spray patterns of water, with at least one 
spray pattern from a single 50-ft hose. AH portions of 
main machinery spaces should be within the reach of at 
least two effective spray patterns of water, each of which 
should be from a single 50-ft hose from a separate plug. 

Commercial ship fire mains are generally unpressurized 
(dry) when not in use, in order to reduce pump wear and 
avoid freezing of long runs of exposed piping, which exist 
on many designs, particularly on tankers and container- 
ships. The system may be kept continuously pressurized 
(wet) in some applications when the rapid availability of 
firemain pressure at hose nozzles is required, such as 
on passenger ships. The life of galvanized steel pipe is 
generally considered acceptable for dry systems; how- 
ever, copper-nickel is the preferred material for both dry 
and wet systems, 

A more detailed discussion of regulatory-body design 
criteria for commercial ship firemain systems is contained 
in reference 22. 

b. US. Navy applications. Firemain systems on 
U.S. Navy ships are continuously pressurized (wet) sys- 
tems because water must be available immediately for 
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munitions sprinkling, and seawater must be continuously 
available outside of the machinery spaces for equipment 
cooling, sanitary flushing, ballasting, and operating educ- 
tors for drainage and deba Has ting. These services would 
require independent seawater piping systems if the fire- 
main were not used, but can be conveniently supplied from 
the firemain. Since firemain system piping on U.S. Navy 
ships is usually enclosed, it is not subject to freezing in 
cold weather. 

Fire pumps on U.S. Navy ships are primarily eiectric- 
motor driven; however, on ships having steam machinery 
plants, some of the fire pumps are usually steam-turbine 
driven. Motor-driven pump capacities range from 100 to 
1000 gpm, with 1000 gpm a preferred size. The capacity 
of steam-turbine-driven pumps is usually about 2000 gpm. 
The rated head of fire pumps is in the range of 125 to 175 
psi with the higher pressures used on larger ships. 

Fire pumps are distributed in separate compartments 
along the length of the ship to minimize the effect of a 
single casualty. Each pump should have an independent 
sea chest. 

The total capacity of the fire pumps must be sufficient 
for the simultaneous supply of all fire-fighting equipment 
required during a worst-case casualty, plus vital cooling, 
service, and flushing loads. Since U.S. Navy ships use 
firemain-actuated drainage eductors, that flow must also 
be included if drainage of fire-fighting water is necessary 


for ship stability. The total load for the worst-case casu- 
alty is calculated by analyzing potential casualties related 
to the ship mission (such as a helicopter crash) or battle 
damage in a high-risk area (such as near a missile maga- 
zine) to determine which sprinkler systems, fire-extin- 
guishing hose lines, bulkhead-cooling hose lines, drainage 
eductors, or other equipment would be required. For some 
ships, a non-casualty load, such as the washdown counter- 
measure system, may govern the system capacity. 

The number of fire pumps to be installed is determined 
by dividing the total required capacity by the capacity of 
a candidate pump, and rounding up to the nearest whole 
number. The resulting number of pumps is multiplied by 
a factor (generally 1.33) and again rounded up, to provide 
spare pumps. The spare pumps allow for battle damage 
and regular maintenance, which is inevitable when pumps 
are operated to maintain continuous pressure in the sys- 
tem: The number and capacity of pumps may have to be 
adjusted to accommodate the number of suitable pump 
locations available in the ship. At least two fire pumps 
must be installed on a U.S. Navy ship; combatants such 
as cruisers typically require five or more, and the largest 
aircraft carriers use more than twenty. 

Since fire pumps on U.S. Navy ships may operate at 
low or zero load for extended periods, each pump should 
have a recirculation line sized for 3% of the rated pump 
flow to prevent overheating. 
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Firemains on naval ships are arranged to survive battle 
damage to the maximum practicable extent* On smaller 
ships, a single main should be installed approximately 
along the ship centerline to take advantage of ship struc- 
ture for protection* When ship size is sufficient to provide 
effective separation, two or more mains should be pro- 
vided and separated both horizontally and vertically as 
far as practicable. Mains should be connected at the ends 
to form a loop, and cross-connected at regular intervals 
to provide redundant flow paths. Segregation valves 
should be installed so the system can be operated in two 
or more independent zones, each supplied by one or more 
fire pumps, and to permit isolation of damaged segments 
of piping* Vital sprinkling systems should be arranged for 
supply from two different zones. 

Remote control of fire pumps and key segregation 
valves is provided to permit rapid response in an emer- 
gency. 

Firemains are sized to deliver 75% of the installed fire 
pump capacity to any combination of loads with any com- 
bination of pumps, and with all services receiving required 
pressure* A minimum of 70 psi is required at handheld 
hose nozzles. 

In general, fireplugs should be placed so that any region 
of a ship can be reached with two 50-ft hoses from sepa- 
rate plugs* On ships larger than frigates, 100-ft hoses 
may be used to meet this requirement for all areas except 
machinery spaces and superstructure* For aircraft carrier 
flight decks, 150-ft hoses may be used. Fire-plug cover- 
age, in addition to the above minimum, may be necessary 
to accommodate special requirements for magazines, elec- 
tronics spaces , and steering gear rooms* Fireplugs are 
either 1V 2 or 2Y 2 in. in size, depending on ship type and 
plug location. 

Since U*S. Navy systems are continuously exposed to 
seawater, copper-nickel piping should be used to reduce 
corrosion and inhibit the growth of marine organisms* 

c* All applications* For both U.S. Navy and com- 
mercial installations, at least one international shore con- 
nection to the fire main must be provided and installed in 
a location accessible from both sides of the ship* Adapters 
of a standard design must be provided to insure compati- 
bility with emergency vessels and port facilities [23]. 

Firemain branches subject to freezing weather should 
have a locked-open stop valve near the weather boundary 
and a valved drain connection* 

Piping must be designed for the shutoff pressure of the 
fire pumps, or each pump discharge must be fitted with 
a relief valve and the piping designed for the relief valve 
setting* 

Each fireplug should be provided with at least one hose 
with nozzle attached. The hose connection should be di- 
rected horizontally or downward to minimize liose 
kinking* 

4*8 Fire-Extinguishing Systems* To supplement the 
firemain, fixed fire-extinguishing systems are installed 
for specific fire hazards* These include carbon-dioxide sys- 
tems for total flooding or local application, Halon total 
flooding, foam sprinkling, seawater sprinkling, and chem- 
ical suppression systems* AH of these systems are not 


used on all ships; the selection and application depend on 
the requirements for a specific ship, supplemented by an 
analysis of fire risk factors unique to the ship. Such analy- 
sis should reflect the type and quantity of fuels, ignition 
sources, and personnel fire-fighting capabilities, 

a* Foam systems* Foam is intended primarily for 
combustible liquids, and extinguishes a fire by floating 
on top of the liquid, thus isolating the liquid from a supply 
of oxygen. Fire-extinguishing foam for marine applica- 
tions is made by mixing a foaming agent with seawater 
to form a solution* Solutions made with protein, alcohol, 
and synthetic foaming agents are expanded by mixing 
them with air as they are applied, forming a thick layer 
on top of the burning liquid* Foam solution made with 
aqueous film-forming foam (AFFF) foaming agent is not 
mixed with air, but forms a thin film which bonds chemi- 
cally with the surface of the combustible liquid* For com- 
mercial 'applications, the type of foam must be selected 
based on the fire hazard. For U.S* Navy applications, 
AFFF is used exclusively. The concentration of foaming 
agent in seawater ranges from 3% to 10%, depending on 
the type of foaming agent* 

A fixed foam-producing station consists of a concen- 
trate tank, a branch from the firemain for seawater sup- 
ply, a concentrate pump, and a proportioner that mixes 
foam concentrate with seawater in the correct concentra- 
tion* A foam system for a tanker is illustrated by Fig. 27. 

A single foam-producing station may be arranged to 
supply sprinkling systems in more than one area, as well 
as handheld hoses, by providing multiple discharge 
branches from the proportioner. Each branch should have 
a local or remotely controlled selector valve to direct the 
foam solution to the desired equipment* 

Sprinkling systems are generally designed to apply 
foam solution at a rate of 0.16 gpm per square foot of 
protected area, but a higher or lower rate may be required 
for some applications. The quantity of concentrate must 
be sufficient to apply foam at the required rate for a 
minimum time, ranging from 3 to 10 minutes for commer- 
cial applications, and 4 to 25 minutes for U.S. Navy appli- 
cations* For hoses the system should supply the design 
flow rating of the hose nozzle. The foam station should 
be sized to supply the largest sprinkling system zone and 
two hoses simultaneously* 

Fixed foam systems are installed to protect tanker 
decks, boiler flats, pump rooms, machinery space bilges, 
and aircraft landing platforms and handling areas* 

b* Halon systems* Halon fire-extinguishing agents 
are halogenated hydrocarbon compounds that extinguish 
fires through a chemical reaction that inhibits the combus- 
tion process* They exist as gases at atmospheric pressure 
and are effective at a relatively low concentration* Halon 
fixed-flooding systems consist of pressurized cylinders 
containing Halon and nitrogen (the propelling agent) at a 
pressure of 350 to 650 psi (at 70 F), distribution piping, 
nozzles, and an actuation system consisting of pull cables 
or C0 2 gas cartridges, which operate discharge valves at 
the cylinders. 

Halon cylinders should be outside the space protected* 
A single bank of cylinders may be arranged to discharge 


PIPING SYSTEMS 


837 


into any of several spaces. The cylinders must contain 
sufficient Halon to develop a minimum concentration of 
5% by volume at 50 F in the largest protected space* Fol- 
lowing discharge, the concentration in the space should 
not exceed 7% by volume at 150 F; this limit is necessary 
to prevent the development of toxic compounds and avoid 
unnecessary personnel exposure to the extinguishing 
agent. 

Distribution piping and nozzles should be sized to dis- 
charge the required quantity in no more than ten seconds 
[24]; the concentration must be developed rapidly to pre- 
vent the formation of toxic by-products, which can occur 
when Halon is exposed to high temperatures. Nozzles are 
generally located along the top of the protected space 
because the gas is five times more dense than air* The 
piping wall thickness and support must be suitable for the 
high back pressure and reaction forces developed during 
discharge. 

Halon systems are typically installed for machinery 
spaces, fuel pump rooms, flammable-liquid storerooms, 
electrical equipment spaces, and cargo holds* 

The Halon compounds most effective as fire-extinguish- 
ing agents are Halon 1301 and 1211; however, these com- 
pounds deplete stratospheric ozone, and their use is re- 
stricted. 

c. Carbon-dioxide systems* Carbon dioxide is a gas 
at atmospheric pressure, which extinguishes fires by re- 
ducing the oxygen concentration of the air surrounding 
the fire* A carbon-dioxide concentration of approximately 
35% by volume is required to be effective. Total flooding 
systems develop the required concentration in an entire 
space; direct application systems affect only the area sur- 
rounding a specific hazard* 

The quantity of carbon dioxide required for a total- 
flooding system depends on the size and type of space 
protected. One pound of carbon dioxide is required per 15 
to 22 ft 3 of volume for machinery and similar spaces, 
depending on the size of the space* One pound per 30 ft 3 
Is required for cargo holds* 

For high-pressure total-flooding systems the extin- 
guishing agent is stored in cylinders at approximately 850 
psi and 70 F. Cylinder arrangements and controls are 
similar to Halon systems* 

For low-pressure total-flooding systems, liquid carbon 
dioxide is stored in a tank at approximately 0 F and 300 
psi, thereby requiring less space for the storage of the 
quantities required for cargo holds and similar large 
spaces, and permitting the use of lower-pressure distribu- 
tion piping. A refrigeration system must be provided to 
maintain the low storage temperature. 

Distribution piping and nozzles for total-flooding sys- 
tems are arranged similar to Halon systems* Piping 
should be sized so that 85% of the required amount of gas 
is discharged in less than two minutes for machinery* and 
similar spaces, and in five minutes for cargo tanks [25]* 
For cargo holds, two thirds of the required quantity must 
be discharged within ten minutes* 

Carbon-dioxide total-flooding systems are typically 
used in the same applications as Halon for commercial 


ships, while Halon systems are preferred for U.S. Navy 
applications. 

Direct-application carbon-dioxide systems consist of 
high-pressure carbon-dioxide cylinders, discharge piping, 
and nozzles arranged to direct the extinguishing agent at 
small, local hazards such as electrical equipment, cooking 
surfaces, or workbenches. The quantity of carbon dioxide 
should be sufficient for a 30-second discharge* 

d. Seawater sprinkling systems* Seawater sprin- 
kling systems are used to distribute seawater from the 
firemain to sprinkling nozzles. In addition to being highly 
effective for fire extinguishing, these systems provide 
cooling to prevent the spread of fire and protect the space 
contents* In wet sprinkling systems, each nozzle incorpo- 
rates a means of keeping the nozzle closed until it is acti- 
vated by a temperature sensor or other actuating signal; 
seawater pressure is continuously maintained at the sprin- 
kler nozzles. In a dry sprinkling system the nozzles are 
open and the distribution piping is normally dry. Seawater 
is admitted by a manual or automatic control valve* 

Sprinkling rates for U.S. Navy applications are gener- 
ally 0*8 gpm/ft 2 for magazines, and 0*2 gpm/ft 3 for other 
spaces; other rates may apply in special cases. Por com- 
mercial applications a minimum rate of 0*12 gpm/ft 2 
should be used* 

Sprinkler nozzles are installed in a grid supplied by a 
branch from the firemain* Nozzles closer to the firemain 
operate at a higher pressure than those farther along the 
grid. Grid piping should be sized to deliver the required 
minimum pressure to each sprinkler nozzle, to limit the 
flow variation between the first and last nozzles to less 
than 30%, and to limit the total flow to no more than 1 15% 
of the design value* 

For U,S. Navy applications, wet sprinkling systems are 
used for selected high-risk munitions magazines* Dry sys- 
tems are used in other magazines, munitions holds, incin- 
erator rooms, cargo holds and handling areas, storerooms, 
high fire-risk living spaces, and other areas. In commer- 
cial applications, seawater sprinkling systems are used 
primarily for the protection of vehicle holds and ferry 
decks. 

e. Chemical suppression systems. Chemical sup- 
pression systems discharge aqueous potassium carbonate 
or other highly alkaline solution that is stored in pressur- 
ized cylinders. The cylinders are connected by a control 
valve and piping to fixed nozzles for deep-fat fryers, gal- 
ley hoods, and other small hazards. 

4.9 Vents, Overflows, end Sounding Tubes. Vents, 
overflows, and sounding tubes are an important part of 
every system that moves fluid into or out of an enclosed 
space. The correct placement, arrangement, and sizing of 
these components is necessary to ensure proper system 
operation and to prevent personnel injury, structural dam- 
age, and spillage. 

a* Vents. A tank or compartment vent, which is fre- 
quently called an “air escape, n is a pipe that is open to the 
atmosphere to equalize pressure between the interior and 
the surroundings when the tank or compartment is being 
filled or emptied. 

A vent must be provided for each tank or compartment 


838 


MARINE ENGINEERING 


Table 1 1 Suggested minimum vent sizes for non structural 


tanks containing combustible fluids, in. nps 


Tank Capacity, 
gal 

5 psi 

Test Head 

10 psi 
Test Head 

10 to 20 

% 


20 to 50 

1 

% 

50 to 100 

l 1 /. 

i 

100 to 200 

134 

m 

200 to 500 

2 

IK 

500 to 1000 

2V 2 

2 

1000 to 2000 

s 

2K 


that has filling, suction, flooding, sprinkling, or sluicing 
arrangements, or is used for the stowage of bottled gas, 
unless the tank or compartment is always open to atmo- 
spheric pressure by other means, A vent should also be 
provided for each void that contains pressure piping to 
protect the compartment from overpressure in case of a 
leak. 

Compartments that have carbon-dioxide or Halon flood- 
ing systems, or contain high-pressure air piping or flasks, 
should have a vent independent of ventilation ducts if the 
compartment openings and ducts may be closed tightly 
under any condition. However, a separate vent is not nec- 
essary if the test head of the compartment exceeds the 
pressure that would result from discharge of the high- 
pressure gas within the sealed compartment. 

Vents should be sized to prevent an excessive differen- 
tial pressure or air velocity greater than 25 fps when the 
tank or compartment is filled or emptied at the maximum 
rate. In general, vents from tanks having suction and 
pressure filling connections should he at least one-tenth 
the area of the suction or filling pipe, but not less than 1V 2 
in. nps for freshwater tanks, 2 in. nps for ballast tanks, 
and 2V 2 in . nps for fuel tanks. A l^-in.-nps vent is consid- 
ered satisfactory for a void that contains pressure piping, 
based on the probability of slow leakage and incomplete 
failure of the piping. 

The vent for a nonstructural tank containing combusti- 
ble fluids should be at least the size given in Table 11, 
unless equivalent venting is otherwise provided, to pre- 
vent excessive pressure when the tank is exposed to an 
external fire. 

Vents from tanks containing the same fluid may be 
combined. If two or more vents are joined together or to 
a header, the size of the common vent or header should 
not be less than the total area of the vents that are con- 
nected to it and serve tanks that will be filled or emptied 
simultaneously. Combined vents from different tanks 
should be joined above the test head of the tanks, or means 
should be provided to isolate each tank for testing. 

Tank vents should be connected to the highest point of 
a tank. Multiple vents should be installed if the shape of 
a tank prevents complete venting from one location. List 
and trim should be considered when selecting the number 
and location of tank vents. 

Tank vents should be run with the maximum attainable 
rising pitch from the tank to the open end to facilitate 
drainage back to the tank served. Vents should terminate 


in return (gooseneck) bends or vent closure fittings specif- 
ically designed for the purpose. 

Vents from freshwater tanks, voids, magazines, and 
compartments should terminate within the ship, and lu* 
bricating-oil (other than synthetic lubricating oil) vents 
may terminate in the same space as the tank; otherwise, 
vents should terminate in the weather. Potable-water tank 
vents should not terminate in sanitary, medical, food ser- 
vice, or other spaces from which contamination or odors 
could be transmitted to the water. Vents from sewage 
tanks, and from tanks and compartments carrying flam- 
mable or toxic volatiles, should terminate outside the ship 
at least 10 ft from air ports, ventilation intakes, or other 
openings into the ship. Vents from water tanks should 
not terminate in spaces assigned primarily for electric 
equipment. 

Vents that terminate within the ship should terminate 
in ventilated spaces. 

For commercial applications, the height from the deck 
to the lowest point where water can flow into the ship 
through the vent must be at least 30 in. for vents terminat- 
ing on the freeboard deck, and 18 in, for vents terminating 
on higher decks. A means of closing each vent should be 
provided; closure devices must be permanently attached 
and should not restrict the area of the vent when open. 
Each vent should be run entirely within the same water- 
tight subdivision as the tank served. 

Vents may be combined with overflows where practica- 
ble, provided the overflow is connected to the highest 
point of the tank, and no valve is fitted in the overflow. 

Vents from sewage tanks, fuel tanks, and other tanks 
that may contain combustible vapors should have the open 
end of the return bend enlarged to IV 2 times the diameter 
of the vent and be fitted with flame screens, which should 
be removable for cleaning. The screens should be bronze, 
brass, or nickel-copper alloy, and should be installed so 
they cannot be easily painted or damaged. 

Potable-water tank vents should have insect screens. 

b. Overflows. An overflow pipe is generally neces- 
sary for each tank into which liquid is delivered under 
pressure, if the tank structure is not designed to with- 
stand the shutoff head of the filling pump. An overflow 
is not required if the tank is protected by a relief valve; 
potable-water tanks and reserve-feed tanks may be 
equipped with relief valves instead of overflows to safe- 
guard the purity of their contents. Sewage and gray-water 
tanks require overflows, even though they are filled by 
gravity, to prevent backup into the plumbing drain sys- 
tem. On U.S. Navy ships, ventilation ducting is often de- 
signed to serve as an overflow for compartments having 
sprinkling systems. 

Overflow piping should be designed so that the com- 
bined static and dynamic head in the overflow pipe during 
the most critical overflow condition will not exceed the 
test head of the tank. In any case, the area of the overflow 
pipe should not be less than 125% of the area of the fill 
piping. 

Overflow pipes for ballast, gray-water, and sewage 
tanks generally discharge overboard through the shell of 
the ship. Overflows for lubricating-oil storage tanks are 



PIPING SYSTEMS 


839 


generally led to a sump tank. Waste-oil tanks generally 
overflow to the oily-waste tank, which overflows over- 
board. 

On U.S. Navy ships, fuel-tank overflows should gener- 
ally discharge overboard through the shell. To minimize 
the number of shell penetrations and reduce the chance of 
spills, fuel storage tanks should overflow to fuel overflow 
tanks, which in turn overflow overboard. If an excessive 
length of piping is required to connect a storage tank to 
an overflow tank, the storage tank may discharge directly 
overboard, A fuel service tank may overflow to an over- 
flow tank if the pipe can be high enough to prevent back- 
flow from the overflow tank into the service tank. If this is 
impracticable, the service tank must discharge overboard 
independently. High-level alarms should be incorporated 
in the tank-level indicating systems of all tanks that over- 
flow overboard. 

On commercial ships, each fuel-tank overflow must 
have a spill container permanently installed under it. To 
comply with this requirement, fuel-tank overflows must 
terminate on a weather deck. 

Overflows that discharge through the shell should gen- 
erally be located as high as practicable and at least one 
deck height above the full-load waterline. Sewage and 
gray-water tank overflows should be lower than the low- 
est fixture served by the tank, if practicable. Each over- 
flow pipe should have a check valve as close as possible 
to the shell and a return bend just upstream of the check 
valve. Where overflows are combined, a check valve 
should be installed in each overflow where it connects to 
the overflow header. 

For commercial applications, if the overflow pipe does 
not extend at least 30 in. above the freeboard deck, two 
check valves should be installed at the shell, or a single 
check valve may be provided with a positive means of 
emergency closure operable from above the freeboard 
deck. 

Overflow piping should be arranged to minimize tank- 
to-tank or tank-to-compartment flooding by any combina- 
tion of damage to piping and tank boundaries. The number 
of penetrations of the shell, oiltlght, and watertight struc- 
ture should be minimized. Piping should be in protected 
locations, and outside machinery spaces where possible. 
The arrangement should ensure gravity drainage back to 
the tank, and prevent loss of liquids when the ship rolls 
up to 30 deg. 

A standpipe system may be installed as an alternative 
to individual tank overflows for fuel and ballast tanks on 
commercial ships. A standpipe is an overflow pipe that is 
connected to the tank filling main at a point that cannot 
be isolated from the tanks when they are being filled and 
that terminates in the weather at a lower level than the 
tank vents. All design requirements for overflows apply 
to standpipes. Since the level of liquid in a standpipe is 
determined by the head available to produce flow into a 
tank, each tailpipe must be sized so that the pressure loss 
at the design filling rate does not cause overflow through 
the standpipe. A throttling valve should be provided in the 
fill line for flow regulation. An indication of the standpipe 
level should be provided at the fuel or ballast control 


station, enabling the operator to both maximize the filling 
rate and avoid an overflow. 

c. Sounding tubes. All tanks should be provided 
with a means of determining the liquid level. Sounding 
tubes are generally installed for this purpose even when 
a tank liquid-level indicating system is provided. Sounding 
tubes should also be provided for innerbottom compart- 
ments, voids, cofferdams, and unmanned holds adjacent 
to the shell plating. Sounding tubes should not be installed 
in sewage tanks. 

A sounding tube is not required where the shape and 
service of the tank permits dropping a sounding rod or 
tape in a straight line from the deck above to the deepest 
point of the tank, such as cargo tanks on tankers. 

Sounding tubes should terminate in passageways or on 
open decks where practicable. If a sounding tube must 
terminate in a compartment, it should be readily accessi- 
ble and located so it will not interfere with the function 
of the compartment. Sounding tubes should not terminate 
in locked compartments. 

Sounding tubes should not terminate where they could 
discharge oil onto a hot surface, or any fluid onto electrical 
equipment, when the tank is being filled. 

Sounding tubes should terminate higher than the top of 
the tank or compartment served. Sounding tubes for fuel 
tanks should terminate higher than the tank overflow. For 
innerbottom oil and water tanks, sounding tubes should 
terminate at a convenient height above the floor plates. 
Sounding tubes that terminate below the full-load water- 
line and serve a tank having the shell as a boundary should 
have spring-loaded gate or ball valves installed at the 
upper end. 

On U.S. Navy ships, fuel tank sounding tubes may ter- 
minate in machinery spaces but should have a floating- 
ball check valve to prevent spillage if the tank is overfilled 
while sounding. 

Sounding tubes for potable-water tanks should termi- 
nate with caps. Each tube should have its own sounding 
rod permanently stowed in the tube. 

The lower end of each sounding tube should terminate 
as close as possible to the deepest point of the tank. Pro- 
tective plates, extra-heavy tees, or similar protection 
should be fitted at the bottom of the tube to prevent 
damage to plating. Tubes should terminate close enough 
to the tank bottom to prevent the sounding device from 
leaving the tube. 

Sounding tubes for tanks subject to high filling rates, 
such as fuel tanks, should not be combined with the tank 
vents. Sounding tubes should be perforated near the top 
of the tube, or have a cap designed so that the accumu- 
lated air pressure in the tube will be slowly released and 
equalized before the cap is completely unscrewed. 

Sounding tubes should be as straight as possible. If 
curvature is unavoidable, the radius of curvature should 
not be less than 10 ft. Sounding tubes should not have 
reverse bends, and should not be less than 1V 2 in. nps. 

4.10 Tanker Cargo Piping Systems. The design of 
tanker cargo piping systems is predicated on minimizing 
turnaround time at the unloading terminal, handling the 
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required number of cargo grades, providing for safe ham 
dling of the combustible cargo, and preventing oil pollu- 
tion. The applicable regulatory body requirements are ex- 
tensive and vary with ship size and cargo flammability 
characteristics. To illustrate the principles involved, this 
discussion is primarily oriented to crude-oil tankers hav- 
ing segregated ballast. 

a. Cargo-oii system. The cargo-oil system receives 
oil at the loading terminal, distributes it to the cargo tanks 
during loading, and discharges oil from the tanks to the 
terminal during unloading. The number of different 
grades of oil the ship must carry simultaneously should 
be determined early in the design since it has a major 
influence on the system complexity, having an effect on 
the number of cargo pumps, suction mains, tank cleaning 
headers, stripping eductors, and slop tanks. The system 
piping should be arranged to keep different grades of 
cargo segregated as they pass through the system. The 
system illustrated in Figs. 28, 29, and 30 is designed to 
carry two grades. 

The total cargo pump capacity must be sufficient to 
discharge cargo in the required unloading time. The un- 
loading time is a major consideration in the economics 
of the ship operation, and depends on the desired port 
turnaround time, the receiving capacity of the terminal, 
and the power available to operate the pumps. The un- 
loading time is typically 12 to 14 hours for a large crude- 
oil carrier. At least one pump must be installed for each 
grade of cargo. Spare pumps are usually not provided. 

Cargo pumps may be driven by steam turbines, diesel 
engines, or electric motors. The drivers may not be located 
in the pump room of a crude-oil carrier because of the 
potential for an explosion of cargo vapors; therefore, the 
pump drivers are located in a separate space and con- 
nected to the pumps, which are located in the pump room, 
by jackshafts passing through gastight bulkhead stuffing 
boxes. For tankers with central pump rooms located aft, 
the drivers are located in the main machinery space. This 
precaution is unnecessary on product tankers carrying 
cargoes having a flash point above 150 F. 

Each pump should have a relief valve unless the piping 
system is designed for the full shutoff head of the pump. 
Each pump should have a suction strainer and suction and 
discharge pressure gages. 

The suction mains run along the bottom of the ship 
from the cargo tanks to the pump room. Each main is 
connected to tailpipes in the tanks that are dedicated to a 
particular segregation. Each tailpipe has a stop valve to 
permit the selection of the tanks to be loaded or unloaded. 
These valves are also required by regulatory bodies to 
prevent discharge of cargo into the sea if the shell and 
piping are damaged. Each tailpipe should end in a bell- 
mouth of sufficient diameter to permit the bottom of the 
bellmouth to be within % in. of the tank bottom while 
providing a flow area of at least IV 2 times the tailpipe 
area. This is necessary to permit the removal of as much 
oil as possible, and to reduce the entrance of air into the 
pipe caused by vortices which lower the level of the oil 
surface near the tailpipe. Different types of bellmouths 
are described in reference 26. Two or more tailpipes may 


be required in a single tank if the tank internal structure 
does not allow sufficiently rapid drainage of oil toward a 
single tailpipe inlet. 

Each suction main is connected to cargo pumps that are 
dedicated to a particular segregation. Cross-connections 
with normally shut valves are provided between the mains 
in the pump room to permit any pump to take suction from 
any tank in case of a pump failure. 

Each suction main should be sized for the full capacity 
of the pumps to which it is normally connected. Tank 
tailpipes ate usually sized for unloading two or more 
tanks simultaneously; however, it may be desirable to be 
able to unload a single tank at full pump capacity. Suction 
piping should be sized so the tanks can be pumped down 
to the lowest practicable level at full cargo pump rating 
before the pump suction pressure decreases below the 
required ijet positive suction head at rated flow. 

The cargo pumps discharge into mains leading from the 
pump room to port and starboard hose manifolds on the 
main deck. The manifolds terminate in flanged connec- 
tions for hoses from the shore terminal. 

The size of the discharge piping is based on the total 
pump head and the required minimum pressure at the 
deck manifold. The discharge piping design pressure must 
not be less than the cargo pump relief valve setting, or 
the shutoff head of the cargo pumps if relief valves are 
not fitted. It is desirable to keep system design pressure 
below 225 psi to avoid the more rigorous regulatory body 
requirements for higher pressures. 

Drop lines from the deck piping to the suction mains 
are provided for loading. Drop lines should be the same 
size as the mains. 

The cargo piping should be designed to permit the re- 
moval of cargo oil that remains in the piping system after 
unloading operations using the main cargo pumps have 
been completed. Cargo discharge mains and crude-oil 
wash headers should be pitched for gravity drainage to a 
cargo tank for removal by the stripping pump. Piping 
should be provided to drain the cargo pump suction piping 
and the discharge risers using the stripping pump. The 
stripping pump should be arranged to discharge this resid- 
ual oil through a smaller separate line. 

As an alternative to the system configuration described, 
particularly on product tankers, which often carry many 
grades of cargo, deepwell or submersible pumps may be 
used. Such pumps eliminate the need for a separate pump 
room and long runs of suction piping from the pump room 
to the tanks. In this arrangement, one deepwell or sub- 
mersible pump may be installed in each cargo tank, or a 
pump may serve several tanks through short lengths of 
piping and valves. The latter capability is often provided 
in any event to permit a tank to be emptied by an adjacent 
pump if the one located in a particular tank fails. Deepwell 
and submersible pump installations are discussed in Chap- 
ter 14. 

b. Tank-cleaning system. Cargo tanks of crude-oil 
carriers must be cleaned periodically to remove sediment, 
sludge, and waxy deposits from the tank bottom and inter- 
nal structure which, if not removed, would accumulate 
and cause a significant reduction in the tank capacity and 
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Fig, 29 Cargo oil and ballast systems — in tanks 
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impede the unloading of the cargo, among other adverse 
effects. During normal operations, cargo tanks are given 
a "'crude-oil wash” as a part of the unloading procedure; 
that is, a small part of the cargo-pump discharge flow is 
diverted and sprayed against the cargo-tank structure to 


dislodge much of the residue that would otherwise accu- 
mulate, Crude-oil washing not only reduces the accumula- 
tion of residue in the cargo tanks, which would otherwise 
be difficult to remove and properly dispose of, but it also 
permits a higher percentage of the cargo to be delivered. 
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As a normal maintenance procedure to prevent an accu- 
mulation of deposits, the tanks are washed with crude oil; 
however, washing with seawater is required to permit 
tanks to be gas-freed before they are entered for inspec- 
tion or maintenance, A wash- water heater, which is de- 
scribed in Chapter 16, is provided when the cargo carried 
generates deposits which cannot be removed with cold 
water* For product carriers, only a cold-water washing 
capability is needed. 

Tank cleaning is accomplished by machines that may be 
either fixed or portable. Fixed machines are connected to 
permanent piping extending from the top of each cargo 
tank* Machines are also installed in the bottom of tanks 
when required by the structural configuration for com- 
plete coverage* Portable machines are connected to hoses 
and lowered into the tanks through deck openings pro- 
vided for this purpose. The machines have rotating noz- 
zles, which are powered by the operating fluid and direct 
a stream of water or crude oil in a programmed pattern 
to strike all internal surfaces. 

Crude-oil washing is normally conducted during un- 
loading. The cleaning machines are supplied by headers 
that are connected to the discharge of two or more of the 
cargo pumps* At least two cargo pumps should be usable 
for crude-oil washing in case one is inoperable. Each ma- 
chine is supplied through a valved branch from one of the 
headers. The headers are necessary because the required 
operating pressure of the machines, typically 150 psi or 
more, is higher than the pressure existing in the deck 
discharge piping during unloading. A valve is provided 
in the pump discharge downstream of the tank-cleaning 
header connection so the pump can be throttled to deliver 
the required pressure. With this arrangement, only some 
of the cargo pumps need to be throttled to supply the 
cleaning machines, while the remaining pumps unload 
cargo at their full rated flow* The number of headers 
provided should be equal to the number of grades of cargo 
to be unloaded with simultaneous crude-oil washing. Each 
header should be sized for the maximum number of ma- 
chines that will operate simultaneously* 

The bottom of each cargo tank is cleaned after the cargo 
in it has been pumped out, while unloading of other cargo 
tanks continues. To effectively clean the tank bottom, the 
oil from the crude-oil washing machines must be removed 
as fast as it enters to keep the bottom of the tank free of 
oil* This is done with stripping eductors* The eductors, 
which are discussed in Chapter 14, are supplied with actu- 
ating oil by the cargo pumps* similar to the tank-cleaning 
machines. At least one eductor is provided for each cargo 
grade. The eductors take suction on the cargo tanks via 
the stripping tailpipes. Since the eductor head is insuffi- 
cient to discharge into the cargo pump discharge mains, 
the eductors discharge into the slop tanks, from which the 
oil is removed by a cargo pump* The eductor piping is 
arranged so that the eductors can operate without mixing 
cargo grades* The eductor capacity should be at least 1 .25 
times the total capacity of the tank-cleaning machines 
required in simultaneous operation for bottom washing. 
Each eductor should have a differential-pressure gage 


indicating its operating head so the operator can confirm 
its performance during the wash cycle* 

For water-washing, connections from port and star- 
board sea chests should be provided so the cargo pumps 
can supply seawater to the fixed tank cleaning machines 
through the crude-oil washing headers* If a tank-cleaning 
heater is necessary, either double isolation val ves or spec- 
tacle flanges should be installed for positive isolation of 
the heater when crude oil is in the piping* Piping is pro- 
vided so that the wash water can be removed from the 
cargo tanks and discharged to the slop tanks by the strip- 
ping eductors or the stripping pumps. Hose connections 
are provided on the tank-cleaning headers to permit use 
of portable machines for spot-cleaning of areas not ade- 
quately covered by the fixed machines* 

c* Stripping system* A stripping system is provided 
to remove the cargo that remains in the tanks after the 
main cargo pump piping begins to ingest air* The air en- 
ters the suction piping through vortices that form near 
the tailpipes. In addition, bubbles can form in the suction 
piping because the reduced pressure permits lighter com- 
ponents of the crude oil to vaporize. The tendency of the 
crude oil to form bubbles depends on its composition, and 
can be a severe design limitation for crude oils having 
components with low vapor pressures. Air and vapor bub- 
bles entering the cargo pumps can cause a loss of suction 
and speed surges, which may damage the pumps. There- 
fore, good practice requires that the final stage of empty- 
ing the cargo tanks (the “stripping” operation) be accom- 
plished using smaller-capacity “stripping” pumps instead 
of the main cargo pumps. 

The stripping system should have separate, relatively 
small suction mains and tailpipes to each cargo tank. The 
stripping piping should be arranged to permit the strip- 
ping pumps to remove residual oil from piping and tanks 
following unloading, and discharge it to the deck mani- 
folds. In addition, the stripping system is commonly de- 
signed to pump wash water from cargo tanks to the slop 
tanks, discharge oily waste from the slop tanks to the 
deck manifolds, discharge dean water from the slop tanks 
overboard via the oil-content monitoring system, and de- 
water the pump room in an emergency. The overboard 
discharge line of the stripping system should terminate 
above the waterline, and should have an automatically 
operated stop valve that is actuated by the oil-content 
monitor. The stripping pumps should also be arranged to 
pump oily waste from the pump room bilge to the slop 
tanks, since the discharge of such waste to the machinery- 
space oily-waste system could cause an ignition hazard in 
the machinery space. The stripping suction piping also 
serves the crude-oil wash stripping eductors* 

Each slop tank should be prodded with separate inlet 
and outlet connections to minimize turbulence, which dis- 
rupts the separation of oil from water. The inlet, piping 
should be arranged to direct the flow horizontally at a low 
velocity* 

A means of controlling the stripping pumps and also 
aligning valves to pump out a flooded pump room must 
be provided in an accessible location outside the pump 
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room, or from above the freeboard deck in the pump-room 
easing. 

Stripping pumps should be of the positive-displacement 
or reciprocating type because they must have high auc- 
tion-lift capabilities. The most demanding service that de- 
termines the pump head rating is the discharge of liquids 
from the bottom of the cargo tanks to the deck discharge 
manifold. 

The main cargo pumps can be designed to more com- 
pletely remove the cargo from the tanks by using speed 
controls on the cargo pumps to reduce the pump flow as 
the tank level falls, and by using vacuum pumps to remove 
gas from the suction piping before the gas reaches the 
pumps. Vapor sensing and removal with cargo pump 
speed control can be combined in a fully automatic instal- 
lation. 

d. Ballast system. Ballast tanks and piping are com- 
pletely segregated from the cargo-oil tanks and piping to 
eliminate any possibility of discharging oil overboard 
when deballasting. On product carriers, where a small 
amount of water mixed with the cargo can severely affect 
its value, segregated ballast is also necessary to avoid 
seawater contamination of the cargo. A typical ballast 
system piping diagram is shown in Figs. 29 and 30. The 
system serves ballast tanks in the cargo area plus the 
forepeak tank, A ballast pump is located in the pump 
room, and is arranged to take suction on either of two sea 
chests and discharge to the ballast tanks, or take suction 
on the ballast main and discharge overboard. A tailpipe is 
connected to the ballast main for each tank. The overboard 
discharge terminates above the waterline to permit visual 
monitoring. A bypass is provided around the pump to 
permit ballasting by gravity flow. 

e. Oil-content monitoring system. Mixtures of oil 
and water that accumulate in the process of washing 
cargo tanks are collected in the slop tanks, where oil and 
water separate by gravity over time; this process is some- 
times facilitated by heating coils in the tanks. Water that 
has an oil content below regulatory limits may then be 
discharged overboard provided the discharge is monitored 
to ensure the limit is not exceeded. 

An oil-content monitoring system continuously ana- 
lyzes fluid samples and determines the oil content. As 
shown in Pig. 30, sampling piping leads to the monitor 
from the stripping pump overboard discharge. In addition 
to determining the oil content, the monitor uses inputs of 
ship speed and overboard discharge flow rate to determine 
the total quantity of oil discharged overboard per nautical 
mile, and the cumulative total quantity discharged during 
the voyage. If any preset limit is exceeded, the system 
automatically shuts the overboard discharge valve. De- 
tails of oil-discharge limits are contained in reference 27. 

f. Inert-gas system. An inert-gas system is used'to 
provide an Inert atmosphere in the cargo tanks. An inert 
atmosphere is of particular importance when the tanks are 
being water- washed or crude-oil washed. Static electricity 
generated by the washing jets could otherwise cause an 
explosion in the tanks. Exhaust gas may be taken from 
the propulsion boilers; however, an independent inert-gas 
generator, which produces gas containing no more than 


5% oxygen by volume, may also be used. A scrubber is 
installed downstream of the takeoff from the boiler stacks 
to cool the gas and remove contaminants, particularly 
sulfur compounds, which would foul the cargo or acceler- 
ate corrosion of the piping and cargo tank structure. 

The distribution system consists of blowers and piping, 
which deliver the gas to each cargo tank. Two blowers 
should be provided, with the combined capacity sufficient 
to supply a volume of gas equivalent to 125% of the com* 
bined capacity of all cargo pumps that will operate simub 
taneouslyAThe blowers should be capable of maintaining 
a static pressure in the tanks of at least 4 in. of water 
during unloading. A stop valve should be provided up- 
stream of the blowers and designed to close automatically 
upon blower failure. A branch from the blower suction 
terminates in the weather with a blank flange that can be 
removed for ventilating the tanks with fresh air to gas- 
free the tanks prior to entry. The distribution main ex* 
tends acrbss the top of the cargo tanks, with a valved 
branch to each tank. 

Regulatory bodies require both a water seal and a check 
valve in the inert-gas main downstream of the blowers to 
prevent cargo vapors from entering the machinery space 
when the system is not operating. The water seal provides 
absolute tightness against leakage of vapor. The water 
seal should be served by a fill pipe from a continuously 
available seawater source, such as a cooling system. The 
ftremain should not be used as the water source. An auto- 
matic valve actuated by the level of water in the seal 
should be provided to compensate for evaporation. 

The crude-oil cargo tanks should have an individual or 
combined vent that incorporates a pressure- vacuum relief 
valve to isolate the tank from the atmosphere and prevent 
dilution of the inert gas. 

Cargo tanks of product carriers should also be vented. 
The required arrangement of the vents depends on the 
flash point of the cargo carried [28]. 

g. Vapor reco very. V ap or-r e c o v er y s y s te ms pr e v en t 
cargo vapors that are displaced from cargo tanks during 
loading from being discharged into the atmosphere. A 
vapor-recovery system consists of piping that returns va- 
por from the cargo tanks to the loading terminal. A branch 
from the top of each cargo tank is connected to a header, 
which leads to a deck connection adjacent to the cargo 
discharge manifold. A stop valve with a position indicator 
must be provided at the deck connection. The piping must 
be provided with condensate drains at low points. High- 
and low-pressure alarms should be provided for the vapor- 
recovery header. 

Since the recovery of vapor requires the cargo tanks to 
be dosed during loading, a ship designed for vapor recov- 
ery should have the following additional safety features: 

• A remote cargo tank level indicating system operable 

without opening the tank. 

• A cargo tank high-level alarm system. 

• A cargo tank overfill indicating system, which is inde- 

pendent of the high-level alarm and is timed to 

allow the operator to prevent an overflow. 

• Tank pressure- vacuum relief valves, which will open 

in the event of failure of the vapor-recoverv system 
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and are of sufficient size to discharge a volume of 
vapor corresponding to 1.25 times the maximum 
cargo loading rate without causing pressure in the 
cargo tanks to exceed the design value. 
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Section 1 
General 


Introduction* The basic design considerations and re- 
quirements for the design of HVAC systems for marine 
applications are similar to those for shorebased installa- 
tions, except that marine installations must cope with 
more demanding criteria and parameters. Some of these 
more demanding criteria are: 

* Less space is available for HVAC system equip- 
ment, ducting, and components. 

« A ship is mobile; therefore, solar loads can affect 
any compartment with a weather boundary above the wa- 
terline, 

* A ship can undergo extreme weather condition vari- 
ations in less than a day, 

* An HVAC system installation must be capable of 
withstanding the corrosive effects of seawater and salt- 
laden air. 

* An HVAC system installation must be capable of 
adequate and efficient operation under severe conditions 
of ship's movement 

* A marine HVAC system design must be capable of 
continuous operation with a high degree of reliability, A 
ship generally has little or no availability to supply 
sources while at sea, and must therefore carry its own 
spare parts and tools, 

* Because the enclosed areas in a ship are generally 
smaller than their counterparts in a shoreside installation, 
and because the structure of a ship offers very little sound 
dampening, a marine HVAC system design and installa- 
tion concept must minimize structureborne and airborne 
noise generated by the HVAC system components. 

* The design of marine HVAC systems must prevent 
the intake of water into the ship during severe weather 
conditions. 

* The location of ventilation weather openings (sugply 
and exhaust) on a ship is critical due to the restricted 
space available, the need for adequate water protection, 
and the necessity of minimizing the possibility of short- 
circuiting exhaust air into the supply intakes, or blowing 
or drawing air across areas traversed by the passengers 
or crew, 

* An HVAC system for a ship must be capable of 
satisfactory performance under a multitude of internal 


compartment conditions, load variations, and functional 
requirements. In addition to performing its design func- 
tions, a ship must also carry and include its own accommo- 
dations, storage areas, commissary and laundry areas, 
recreation areas, sanitary areas, generating and propul- 
sion equipment, fuel supplies, etc. 

■ Smoke control and fire safety of shipboard systems 
are critical due to limited firefighting and egress capabil- 
ities. 

In addition to the criteria listed above, HVAC systems 
designed for naval ships must also be capable of meeting 
the following requirements: 

• Systems and equipments must be designed to with- 
stand shock and vibration requirements that are based on 
battle conditions and ship movement considerations, 

• Because of the complexity of the systems on a naval 
ship, and the numerous compartment functions, the avail- 
ability of space for HVAC systems is even more limited 
than for commercial ships. 

■ Weight is normally more critical on a naval design, 
and therefore an HVAC system must be designed and 
arranged to minimize weight. 

• The performance and reliability of naval HVAC sys- 
tems are critical, since these systems serve functions vital 
to the ship's intended purpose and mission. Also, in war- 
time. a naval ship can be at sea for extended periods of 
time. 

• Naval ships have compartments that contain a large 
amount of equipment, which produces a high heat load, 
but the equipment usage can vary greatly. The HVAC 
design must, therefore, be capable of coping with the 
large heat loads encountered, as well as the variations in 
heat loads, 

• Because of the requirement for watch periods (gen- 
erally four hours) on naval ships, careful consideration 
must be given to the selection of the amount and location 
of ventilation air to watch stations in those compartments 
having high heat loads {sensible and latent), to avoid heat 
stress on watch standers. 

« An HV AC system must be designed to use standard- 
ized equipments and components and, insofar as practica- 
ble, standardized construction details and methods, to 
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allow for the expeditious replacement of parts in an emer- 
gency or wartime situation. 

• Ship’s damage control requirements must be re- 
flected in the HVAC system design. Unlike general nonna* 
val marine designs, a naval ship must continue to operate 
and perform its function even after experiencing battle 
damage. Watertightness criteria for a naval ship are much 
more demanding, especially as they relate to the HVAC 
installation. 

. During battle conditions, a reliable source of ship's 
power must be assured for the propulsion, electronics, 
and fighting functions; therefore, the ship's^ HVAC sys- 
tem must be designed so that all nonvital HVAC systems 
can be secured, leaving only compartments housing vital 
functions with continuing HVAC services. Because of this 
requirement, all individual HVAC systems must be segre- 
gated into classifications that enable their grouping on 
power distribution systems. 

. Protection against the intake of water through ven- 
tilation weather openings is more critical for naval ships 
because course changes to avoid bad weather conditions 
may not be possible for a ship on a mission. 

A properly designed HVAC system is required to 
ensure adequate personnel protection in certain naval 
ships that have compartments in which toxic, noxious, or 
explosive vapors and fumes are produced.. 

• The provision of good air distribution within the 
spaces served on naval ships is more difficult, because of 
the complexity of the other ship systems, and is more 
critical because the fresh air supplied per person is nor- 
mally less than that for commercial marine designs in 
order to minimize the air-conditioning load, and the re- 
sulting fuel consumption and electric power require 
ments. 

. The ship’s air balance must be satisfied during all 
phases of fan speeds during the cooling and heating sea- 
sons, and during the various ship’s material condition set- 
tings. If the ship has Collective Protection System zones 
or fire zones, the air balance must be maintained for each 
zone. 

. The sophisticated functions and equipment, charac- 
teristic of naval ships, as well as the passive defensive 
profile, result in the structureborne and airborne noise in 
certain areas being much more critical than on commercial 
ships. 

It is the responsibility of the HVAC engineer working 
on naval ship designs to develop systems that will main- 
tain the compartments served at, or within the environ- 
mental ranges required, as well as accommodate or 
achieve other special treatments or requirements that are 
necessary. This must be accomplished using the minimum 
of space, weight, and power, and must also provide ade- 
quate protection and safeguards to the ship and the ship’s 
crew. 

1.1 Heating and Ventilation 5y*tem*. Heating, and 
ventilation systems are necessary to the process of mak- 
ing the interior spaces of ships safe and habitable, and 
they are designed to collectively achieve that objective. 
However, they are considered separately here in order to 
fully understand the effect of each, individually, and then 


they will be analyzed collectively to assess the composite 
effect. 

Heating is that process by which the ambient tempera- 
ture is raised by adding heat to the air, to achieve a higher 
air temperature. Shipboard heating is achieved by differ- 
ent means: reheaters are used in a central-station air- 
conditioning system with the cooling functions turned off; 
preheaters and reheaters are used in supply ventilation 
systems; and convection or radiant heating is used in 
spaces not equipped with either an air-conditioning or sup- 
ply air ventilation system. 

Ventilation is defined as the movement of air from the 
outside or weather into the ship, or from inside the ship 
to the outside. This is accomplished generally by a combi- 
nation of supply fans, exhaust fans, and ductwork. 

The type of ventilation system called for in any given 
instance varies according to the nature of the space and its 
ventilation requirements. For example, galleys, bakeries, 
and sculleries are ventilated primarily by mechanical ex- 
hausts through hoods placed over heat-producing equip- 
ment; large laundries are serviced by both mechanical 
supply and exhaust while small laundries are served by 
mechanical exhausts only. Special requirements also exist 
for auxiliary machinery spaces where mechanical supply 
ventilation is provided at a specified rate of change de- 
pending on the size and specific function of the space. 

Ventilation systems also play an integral part in pro- 
tecting naval ships from the effects of chemical, biologi- 
cal, and radiological warfare. The systems maintain a posi- 
tive overpressure within the ship and, with the use of 
special filters ensure a clean air supply to spaces in the 
ships. The systems may be set up to maintain the protec- 
tion during all ship operations or on an as-needed basis 
only. 

A ventilation system serves the dual purpose of remov- 
ing contaminants and heat generated in a space. Its ability 
to control temperature is limited in that it can only main- 
tain an ambient temperature above that of the outside air 
temperature. The temperature rise, i.e., the difference 
between the temperature of the supply air and the space 
ambient, depends on the ventilation (heat removal) rate. 
For this reason, the temperature rise is one of several 
criteria for the design of ventilation systems. To maintain 
a space at an ambient temperature below that of the out- 
side air, the supply air temperature must be below the 
required ambient; thus, some form of cooling must be 
provided to lower the temperature of the supply air. 

The two basic types of ventilation systems are supply 
systems and exhaust systems. Ventilation supply systems 
are used to supply weather air to ventilated spaces (spaces 
that will not be air conditioned), and to provide replen- 
ishment air to air-conditioning recirculation systems. Sup- 
ply air may be provided either with fans or by creating a 
pressure difference, from the outside atmosphere or from 
adjacent spaces. A typical supply system comprises a 
weather intake, preheater, fan, supply system ductwork, 
and supply terminals. Other components that may be used 
in supply systems include precooling coils, watertight clo- 
sures, and reheaters. Naval ship systems may also include 
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toxic gas dampers, smoke dampers, and blast shields. Ven- 
tilation exhaust systems are used to remove air from ven- 
tilated spaces and stale air from areas served by air-condi- 
tioning recirculation systems. The exhaust may be 
accomplished either with fans or by creating a pressure 
differentia] to the outside atmosphere or adjacent spaces. 
A typical exhaust system comprises an exhaust terminal 
or hood, exhaust system ductwork, fan, and weather open- 
ing. Air may be exhausted directly from the space venti- 
lated or through spaces such as fan rooms, storerooms, 
or passageways. The air removed by an exhaust system 
is replaced by air from a supply system. 

The exhaust systems are important in controlling the 
amount of heat and fumes that can collect within a ship. 
Exhaust systems are used extensively in spaces such as 
shops, laundries, galleys, sculleries, washrooms, wa- 
terclosets, flammable liquid storerooms, and machinery 
rooms. All of these spaces generate either a large amount 
of heat or fumes or both. Hoods, such as described in 
reference 1, are often used in the exhaust system to more 
effectively collect the heat and fumes. 

In general it is most practical to use mechanical supply 
ventilation systems for heating. Those spaces not served 
by an air-conditioning recirculation system or a supply 
ventilation system are heated by the use of convection 
heaters. Reference 2 contains detailed requirements for 
merchant construction while references 3 and 4 contain 
requirements for naval construction. 

1*2 Air-Conditioning Systems. Air-conditioning sys- 
tems, in general, are more complicated than heating and 
ventilation systems because they require more complex 
machinery to accomplish the desired effect. The consider- 
ation of moisture, or the lack thereof, is also more critical 
as a design criterion for air-conditioning systems. 

Air conditioning is defined as the process of treating 
air to simultaneously control its temperature, humidity, 
cleanliness, and distribution in order to meet the specific 
requirements of a given space or group of spaces (zone). 

Air-conditioning systems are intended to provide a con- 
trolled environment that is satisfactory for personnel, 
equipment, processes, etc. In both naval and commercial 
shipping there are compelling reasons underlying the re- 
quirement for cooling interior shipboard spaces by air 
conditioning. Some of the reasons common to both naval 
and commercial ships, such as comfort and health, are 
fairly obvious; but there are other, less apparent reasons 
which are specific to only one or the other, such as the 
requirement for sufficient and precisely controlled cool- 
ing of ammunition in magazines aboard naval ships to 
prevent its deterioration. In commercial applications, es- 
pecially aboard cruise ships, the intent is to provide pas- 
sengers with the utmost in climatic comfort. * 

A typical air-conditioning recirculating system contains 
a fan to produce the airflow through the system, a cooling 
coil where the heat from the air is transferred to the 
cooling medium, and ductwork to distribute the air 
through duct terminals and to return the air to the cooling 
coil. Filters are usually provided in front of the cooling 
coil to prevent rapid fouling of the finned elements. Many 


recirculating systems contain heaters for use in the heat- 
ing season or for use in maintaining a specific relative- 
humidity requirement 

On commercial ships the systems are intended to pro- 
vide a comfortable environment for passengers and crew 
members. On naval ships the systems are intended to 
provide air conditioning to berthing, office, and control 
spaces, to protect electrical and electronic equipment from 
overheating, and to preserve ammunition stored in maga- 
zines. 

The design temperatures generally are lower on com- 
mercial ships than on naval ships. This is because space 
and weight requirements for the same level of air-condi- 
tioning systems on board naval ships must be balanced 
with other military requirements. 

The spaces served by a common system depend upon 
the usage of the spaces, periods of occupancy, occupancy 
density, and odor potential. In naval construction, damage 
control classification is a prime consideration. System ca- 
pacities from 5000 to 8000 cfm are common, with extremes 
being approximately 1000 to 10,000 cfm. 

Naval ships are air conditioned by central station reheat 
systems, which are referred to as “recirculation systems/' 
The requirement for reheat zoning is the only basic vari- 
able. In general, where the net heating load is negative, 
such as an internal space with a year-round cooling load, 
reheating is not provided. An exception to this is where 
one or more of the spaces served by a system requires 
control of the relative humidity. Since the humidity con- 
troller can override the room thermostat, reheat is re- 
quired to compensate for overcooling. Generally, spaces 
are zoned according to heating requirements. Large 
spaces, such as messrooms and “critical” spaces, may 
have individual reheaters or a separate system. 

Air-conditioning systems installed on merchant ships 
are classified as: (a) those serving small spaces (passenger 
staterooms, crew quarters, offices, shops, etc.); and (6) 
those serving large spaces (dining rooms, lounges, mess- 
rooms, etc.) Figure 1 illustrates the “Class A” system 
typical for air-conditioning large (public) spaces. The out- 
side and return (recirculated) air mixture is filtered and 
conditioned (preheated, cooled, dehumidified, and re- 
heated as required) by the central-station equipment. 

Air is recirculated in air-conditioning systems for the 
sake of economy. Automatic dampers (outside air, recircu- 
lation, and exhaust) in Fig. 1 modulate the supply of out- 
side air commensurate with the refrigeration system ca- 
pacity; 100% outside air is supplied unless room conditions 
cannot be maintained with the cooling valve fully open. 
Note that cooling is controlled by both a humidistat and 
room thermostat. The room thermostat controls both cool- 
ing (water) and reheater (steam) valves, which are se- 
quenced to maintain a set room temperature. When the 
humidity exceeds the humidistat set point, it overrides 
the room thermostat and opens the cooling coil valve for 
additional dehumidification. Should this cause overcool- 
ing, the room thermostat opens the reheater valve to main- 
tain the set temperature. When a single Class A system 
serves several spaces, each has its own reheater con- 
trolled by only a room thermostat. 
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NOTES 

1. Main air connections and 
shutoff cocks ore not 
shown. 

I, If the minimum outside air 
bypass is omitted, a stop, 
adjustable for balancing, 
is provided an the outside 
air damper to prevent full 
closure and to permit the 
passage of minimum out- 
side air when in the dosed 
{minimum open) position. 

3. Two-position volve; the 
valve is dosed below the 
change-over temperature. 


RECIRCULATION-EXHAUST 
FROM SPACE 




LEGEND 


Qj] HUMIDISTAT 


<0 


-0 


F FILTER 


Cj COQLfNG COIL 
jpj PREHEATER (STEAM) 

|r| REHEAT£R(W = WATER, 5 = STEAMI 
DUCT THERMOSTAT 


N-O- NORMALLY OPEN (VALVE OR DAMPER) 
N.C. NORMALLY CLOSED [VALVE OR DAMPER) 


[T] ROOM THERMOSTAT 
[m]dual DUCT AIR MIXING UNIT 

Q-/ PNEUMATIC DAMPER & MOTOR 
M MASTER 

SM SUB-MASTER 

P POSITIVE POSITIONING RELAY 
^-[) PNEUMATIC CONTROL VALVE 
{d} diverting RELAY 

B.P. MINIMUM OUTSIDE AIR BYPASS^ 
SEE NOTE 2. 


Fig. 1 Class A air-conditioning system with humidity control 


A Class D (terminal reheat) system is shown in Fig. 2. 
Conditioned air is supplied to each space to accommodate 
the maximum design cooling load requirements. A mix- 
ture of outside and return air is filtered, conditioned (pre- 
heated or dehumidified and cooled as required) centrally, 
and distributed to individual reheaters at the spaces 
served. This system is used for most passenger state- 
rooms, as well as for crew quarters. Note that automatic 
dampers (two-position) are controlled by two sensors 
(duct-stats) in the air intake: one for the heating cycle and 
the other for the cooling cycle. The preheater thermostat 
is set several degrees below the design chilled air (off- 
coil) temperature to prevent simultaneous operation of 
the preheater and cooling coil. 

The Class E system, Fig. 3, is another system provided 
for small spaces requiring high-quality treatment. It is a 
primary air, secondary cooling and heating system; the 
central station equipment conditions only the primary air. 


This primary air is distributed to induction units located 
in the various air-conditioned spaces, which induce room 
(secondary) air to flow through a water coil, an integral 
part of the induction unit. The induced air is either heated 
or cooled by this coil. No return (recirculated) air facilities 
are required. The primary air is sufficient for ventilation 
purposes and to balance exhaust-air requirements; it is 
conditioned to take care of the entire latent load (outside 
air plus room). Primary air is reheated, as necessary, to 
provide all heating for spaces when the temperature is 
above the changeover point with chilled (secondary) water 
being simultaneously distributed to the induction units. 
Below the changeover point, the refrigeration plant is 
inoperative; hot water is supplied to the induction units 
and primary air is preheated (tempered). The primary air 
is distributed at high velocity and pressure and thus re- 
quires relatively little duct space. However, this space 
saving is offset to some degree by the space required for 
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Fig. 2 Gass D air-conditioning system 


( TYPICAL EACH SCCm 



SEE FIG. Z^A 
FOR CONTROLS 


SEE FIG- 1 FOR LEGEND 
*ND NOTES 


Fig. 3 Gass E air-conditioning system 


additional piping, secondary water pumps, and induction 
units. 

The changeover temperature may be defined as the 
outside temperature that exists when the internal room 
sensible load equals the transmission loss plus the cooling 
effect of the tempered primary air. In central-station cool- 
ing systems, e.g., Classes A and D, outside air is available 
up to the full system capacity. Once the outside air falls 
below the design off-coil temperature, it can accomplish 
all of the necessary cooling, and the refrigeration equip- 
ment may be secured. Thus, the design off-coil tempera- 
ture is also the changeover temperature. The changeover 
temperature of the Class E System, however, must be 


somewhat below the primary air off-coil dry-bulb temper* 
ature (approximately 50 F) because the primary air pro- 
vides only part of the sensible cooling load, i.e.. about one 
third. Changeover temperatures usually fall between 30 
and 40 F; 35 F is the most common. 

Note that room thermostats are of the dual-pressure 
type since it ts necessary to change the action from nor- 
mally open, when the water is hot, to normally closed, 
when the water is cool. 

Figure 4 illustrates a marine dual-duct or Class G sys- 
tem, which has become popular. The high-pressure fan of 
a central -station unit distributes conditioned air through 
two parallel systems of ducts (pipes) at a high velocity 
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F3g. 4 Class G oir-canditianfrg system 


(approaching 5000 fpm). One duct system carries cold air 
and the other hot air. The air mixing units automatically 
proportion the hot and cold air to satisfy room loads. The 
series arrangement of the cooling coil and reheater shown 
gives excellent performance; it provides maximum dehu- 
midification, which in turn produces low room dew points. 
Accordingly, the possibility of condensation on cold ducts 
and equipment and the necessity for perfect vapor sealing 
of the insulation are minimized. A parallel arrangement 
of the cooling coil and reheater, which is common ashore, 
has proven unsatisfactory". 

1.3 Collective Protection System. Some naval ships 
are provided with a countermeasure system that is de- 
signed to protect personnel located within designated in- 
ternal areas of the ship by ensuring a contaminant-free 
atmosphere. On U.S. Navy ships this system is called 
the Collective Protection System (CPS), On some foreign 
ships the system is called the Citadel System. These sys- 
tems provide the ships the capability to operate in, and 
to survive, the effects of chemical and biological agent 
attacks and radioactive fallout [3]. 

The systems utilize high-pressure fans to pressurize 
designated areas or zones in the ship to a pressure be- 
tween 2.0 and 2.5 in. of water above the ambient pressure 
outside the ship. Pres sure^control valves are utilized to 
maintain the desired positive pressure. Air locks are used 
to allow personnel movement between pressurized and 
unpressurized zones as well as between pressurized 
zones. Hotel and control spaces are included in these 
zones. Filter banks are provided to filter out chemical and 
biological agents (aerosols and vapors) and radioactive 
fallout. Decontamination facilities are provided to permit 
personnel to enter the ship from a contaminated outside 
environment without contaminating the interior of the 
ship. 


Shipboard machinery spaces receive a lesser degree of 
protection with systems that utilize fans that do not raise 
the internal pressure above that of the outside air; how- 
ever, they have filter banks that filter out biological and 
chemical aerosols and radioactive fallout, but not vapors. 

Ships employing the CPS or Citadel systems have rela- 
tively fewer ventilation systems and more air-conditioning 
systems than conventionally designed ships. Since all of 
the air entering the ship must be filtered to remove possi- 
ble contaminants, the amount of outside air taken in is 
kept to a minimum, 

1.4 Psy chrome try. Psychrometry is the science that 
deals with air and water-vapor mixtures. Psychrometric 
data may be presented in both chart and tabular form* 
The psychrometric chart shown by Fig, 5 is commonly 
used in designing air-conditioning systems because it is 
easier to use than tables* The properties shown on a psy- 
chrometric chart are defined as follows: 

• Dry-bulb temperature—the temperature recorded 
by a common thermometer, measured in degrees P. On 
the psychrometric chart (Fig. 5) these are vertical lines 
from the scale at the bottom of the chart, 

• Wet-bulb temperature — the temperature recorded 
by a common thermometer with a moistened wick placed 
around the bulb and a stream of air passed over the wick, 
measured in degrees F* On the psychrometric chart these 
are sloping lines starting at the saturation line on the left 
of the chart and running obliquely down to the right 

• Dew-point temperature — the temperature at which 
condensation of moisture begins when the air is cooled. It 
is the saturation temperature corresponding to the vapor 
pressure and relative humidity and is expressed in de- 
grees F. On the psychrometric chart this temperature is 
read on the saturation curve on the left side of the chart. 
At saturation, the dew-point temperature, dry-bulb tem- 
perature and wet-bulb temperature are the same. 





PsychrometrJc chart and basic cycle 
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* Relative humidity — the ratio of the actual water- 
vapor pressure of the air to the saturated water-vapor 
pressure of the air at the same temperature, expressed 
as a percent. On the psychrometric chart these are curved 
lines from the top right to the bottom left of the chart. 
The saturation point is the 100% relative humidity line. 

- Specific humidity— the weight of water vapor in 
grains or pounds of moisture per pound of dry air. On the 
psychrometric chart the specific humidity is indicated on 
horizontal lines with the scale on the right side of the 
chart. 

* Enthalpy — a thermal property that indicates the 
quantity of heat in the air above an arbitrary datum, ex- 
pressed in Btu per pound of dry air. The enthalpy values 
given on the psychrometric chart are for saturated air and 
are sufficiently accurate for most air-conditioning calcula- 
tions. For greater accuracy more detailed data are avail- 
able in reference 5. In the psychrometric chart the en- 
thalpy values are on the left side on a scale corresponding 
to the wet-bulb temperature. 

* Enthalpy deviation — an enthalpy deviation is caused 
by the air not being in the saturated state. An enthalpy 
correction is applied where extreme accuracy is required; 
however, for most air-conditioning estimates, it is ne- 
glected. 

* Specific volume — the cubic feet of air and moisture 
mixture per pound of dry air. On the psychrometric chart 
it is shown on sloping lines from upper left to lower right. 

* Sensible- he at factor — the ratio of sensible heat to 
total heat. On the psychrometric chart the scale is on the 
right-hand side of the chart. 

Note that all units are expressed in terms of “per pound 
of dry air”; the reason is that the various properties of 
the moist air change during an air-conditioning cycle, and 
only the weight of dry air remains constant. 

It may be seen that if any two psychrometric properties 
are known, the remaining properties can be determined. 
The following relationships can be observed from Fig. 5: 

1. The enthalpy {or total heat content) is determined 
from the wet-bulb temperature alone, and vice versa. 

2. The dew point depends only on the moisture content 
of the air (specific humidity), and vice versa. 

3. Any air-conditioning process that does not add or 
extract moisture is represented by a horizontal line 
through the original condition point. 

4. Any air-conditioning process that does not change 
the dry-bulb temperature is represented by a vertical line 
through the original condition point. 

A simple air-conditioning cycle is indicated on Fig. 5. 
Points 1, 2, 3, and 4 represent the psychrometric condi- 
tions of room air, outside air, mixture of outside and recir- 
culated air, and air leaving the cooling coil, respectively. 
Points 1 and 2 are established by design conditions, while 
point 3 is determined as follows: 

(Qi/dJHi + (QMH 2 
s J 


where 

Q — air quantity, cfm 


d — air density, ft 3 per lb of dry air 
H = enthalpy, Btu per lb of dry air 


Subscripts apply to the various points. A much simpler 
way of obtaining the conditions of the mixture at point 
3 is commonly used, except where unusual accuracy is 
required. This is represented by the equation: 


Distance 1-3 Q 2 
Distance 2-3 Q 1 

When the dry-bulb temperatures are known, this may be 
expressed, and t 2 obtained, as follows: 


^3 $1 _ Qz 

” ^3 Q 1 


m 


The total heat, H T , removed by a cooling coil consists of 
the sum of the sensible-heat load, H St and the latent-heat 
load, H l > The sensible-heat load is the transfer of heat 
which results in a change of temperature as read by an 
ordinary dry-bulb thermometer. The latent-heat load is 
the heat necessary to cause a change of state, e.g., steam 
to water. These quantities may be computed as follows: 

H s = 1.08 Q At (4) 

H l = 0.68 Q AG (5) 

where 

Q = air volume entering coil, cfm 
At = dry-bulb temperature reduction, deg F 
AG — moisture removal, grain moisture /pound dry air 


H r can also be expressed as: 


H r = 4.45 Q AH (6) 

where AH is the enthalpy reduction of air passing through 
coil in Btu/lb dry air. 

Figure 5 shows two sensible-heat factor slope lines. 
Line 1-4 is the “room slope/' and line 3-4 represents the 
“coil slope.” By definition, the sensible heat factor is: 


SHF = 


H s H s 

or — 

H s + H l H t 


(V) 


To obtain the proper (simultaneous) balance between 
room sensible- and latent-heat removal, the air supplied 
must be so conditioned that it falls on the room slope line. 
Any point on this line is satisfactory. While the coil slope 3- 
4 is represented as a straight line, the actual path contour 
depends on several variables, one of which is the coil con- 
struction. In any case, the only significant point is the 
psychrometric conditions of the air actually leaving the 
coil, i.e., off-coil conditions. 

Design off-coil conditions below those established by 
the room slope frequently are arbitrarily selected for sys- 
tems with high sensible-heat factors. This is done to utilize 
larger terminal temperature differentials [ At , equation 
(4)]; thus, less air is required, which in turn results in 
smaller systems. 

Where a system serves several spaces, it may be neither 
possible nor practical to provide conditioned air to satisfy 
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the lowest individual room slope. In such cases an arbi- 
trary or average off-coil condition is selected for the sys- 
tem. Spaces having a lower sensible-heat factor, theoreti- 
cally, will be overcooled if the air quantity is selected to 
meet the latent-heat load. Therefore, the supply air to 
such places may require reheating to compensate for the 
excess removal of sensible heat 

To obtain an optimum design and avoid excessive air 
quantities, some marine specifications allow a degree of 
latitude in the room design conditions of spaces with high 
latent loads. By slightly reducing the room design dry- 
bulb temperature and increasing the wet-bulb tempera- 
ture (and relative humidity}, the sensible heat of occu- 
pants is increased and the latent heat is reduced; thus, 
the sensible-heat factor is increased and the necessity of 
reheating may be avoided on occasions. 

An example calculation using the psychrometric chart 
is included in Section 2.5, 

1.5 Refrigeration. Refrigeration is a process of cool- 
ing or removing heat to lower the temperature of a space, 
or items to be stored in the space, to a temperature below 
the temperature of the surrounding area. This is accom- 
plished by using a mechanical refrigeration process in 
which a refrigerant is used to alternately absorb heat 
from the space or object to be cooled and reject the heat 
to the atmosphere or seawater. 

On naval ships, refrigeration is installed primarily for 
the preservation of food required for the crew. In commer- 
cial ships, the applications are more varied and range from 
preserving food for the passengers and crew to extending 
the useful life of perishables such as fruits, vegetables, 
flowers P and meats to permit their transfer to distant 
markets. 

Both refrigeration and air conditioning are measured in 
tons of refrigeration. A ton of refrigeration is defined as 
the cooling effect of one ton of ice at 32 F that melts in 
24 hours. Since it takes approximately 144 British thermal 
units (Btu) to melt a pound of ice at 32 F, 288,000 Btu's 
are required to melt a ton of ice in the same time. There- 
fore, one standard ton of refrigeration is defined as the 
transfer in a cooling operation of 288,000 Btu in 24 hours, 
or 12,000 Btu per hour. 

a. The refrigeration process. Refrigeration is the 
process of cooling or removing heat This is accomplished 
by transferring heat from the item or space being refrig- 
erated to a colder medium, the refrigerant. The refrigera- 
tion process is used for both air conditioning and refriger- 
ated-storage applications, the difference being that the 
temperatures involved are lower for the refrigerated-stor- 
age applications. 

The compression cycle of refrigeration, which is illus- 
trated by Fig. 6, is the most commonly used. In this type 
of cycle, a refrigerant vapor is compressed and, in the 
compression process, gains energy corresponding to the 
work of compression. The hot compressed vapor is then 
cooled by any convenient, inexpensive, plentiful medium 
such as water or atmospheric air. This cooling process 
condenses the hot vapor to a liquid. The high-pressure 
liquid is expanded to a lower pressure and becomes a cold 
mixture of liquid and vapor. This refrigerant mixture is 


fed into a heat exchanger (evaporator) where it absorbs 
heat and changes back to a vapor, the same state as the 
beginning of the compression cycle. 

The principal components of the compression refrigera- 
tion system shown by Fig. 6 are a receiver for storing 
liquid refrigerant, an expansion valve for controlling the 
flow of refrigerant (liquid and vapor), an evaporator 
where the required useful refrigeration is produced, a 
compressor that simultaneously maintains the evaporator 
(suction) pressure and increases the refrigerant vapor 
temperatuite and pressure, and a condenser that cools 
(removes both heat of compression and refrigeration load) 
and condenses the hot refrigerant vapor to its original 
liquid state. 

Refrigeration is used mainly to extend the useful life 
of perishable products. It is used to provide storage com- 
partments with temperatures ranging from — 10 F to 
about 50 $ and for self-contained items such as refrigera- 
tors, ice makers, drinking water coolers, and refrigerated 
salad bars. 

b. Refrigeration systems. Refrigeration systems 
provide the means of controlling the environment in spe- 
cific storage spaces. They are similar to HYAC systems 
in that they are concerned with maintaining a specific 
temperature, with moisture control, and with air distribu- 
tion. The main difference between refrigeration and 
HVAC is only a matter of degree, Le., the temperature 
that is maintained in the specific spaces. Refrigeration is 
concerned primarily with the preservation of perishable 
products by lowering the ambient temperature to a point 
that will prolong the useful life of the product. 

All fresh fruits and vegetables, including flowers, are 
living things and are commonly referred to as “live” prod- 
ucts. Even when separated from the tree, vine, or soil they 
continue to generate and dissipate heat as does the human 
body. The amount of heat respired (called heat of respira- 
tion) varies with the product and its temperature. In the 
respiration process, live products absorb oxygen and give 
off carbon dioxide to the surrounding atmosphere. In 
some cases carbon dioxide is injected into refrigeration 
spaces to slow the metabolism of horticultural products 
during transport, but not on U.S. ships. 

Un ripened fruits also give off other gases, which must 
be controlled. For instance, ripening bananas release eth- 
ylene and volatile esters. Ethylene accelerates ripening, 
during which starch in the pulp is converted to sugar. The 
color of the peel also changes during this process, which 
is of advantage because it provides a visual indication of 
the fruit's ripeness. Ventilation is required to control the 
concentration of the released gases. 

Refrigeration (cooling) serves to maintain the individual 
product at the temperature at which it must be carried for 
proper preservation. Heating may be required to prevent 
freezing of many products, such as fruits and vegetables. 
For instance, bananas should not be exposed to a tempera- 
ture below 55 F for any appreciable length of time. 

A high humidity is required to prevent wilting of leafy 
vegetables, loss of moisture, and associated shriveling 
and loss of flavor. While low relative humidities (40 to 
50%) are conducive to human comfort, humidities between 
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Fig. 6 Graphic presentation of a mechanical refrigeration cycle 


80 and 95%, as high as possible in many cases, are required 
in refrigerated spaces carrying fruits and vegetables. 

Good air distribution is essential to the preservation of 
perishables. It provides uniform air conditions (tempera- 
ture, humidity, and air purity) throughout the storage 
space. Thus, localized spoilage is prevented. Air distribu- 
tion is not as critical for frozen products, referred to as 
“dead” products, as it is for most unfrozen (live) products. 

The refrigeration systems aboard naval ships provide 
the needed cooling for refrigerated ships’ stores, refriger- 
ated cargo, air conditioning, process cooling water, and 
for drinking water cooling. In commercial cargo ships the 
refrigeration systems are used primarily for refrigerated 
cargo. The cargo space is usually divided into several 
compartments. The size of the compartments and the con- 
ditions maintained in the compartments (temperature, hu- 
midity, etc.) vary with the cargoes carried and their com- 
patibility with respect to odors, method of packaging, 
susceptibility to damage, etc. Some cargo ships are de- 
signed to carry a single product, such as bananas or meat, 
and all of the" cargo space then is designed to carry this 
single product. 

Most refrigerated cargo can be shipped in refrigerated 
cargo containers. The majority of refrigerated cargo con- 
tainers are carried on weather decks and use air-cooled 
condensers to dissipate the heat being dispersed from the 
refrigeration units. The containers stored below deck are 
usually provided with electric power and a source of cool- 
ing water and use water-cooled condensers. Some contain- 
ers can use either fresh or salt water for cooling and 


automatically switch to air cooling upon the loss of water 
pressure. 

Some cargo ships with below-deck storage for refriger- 
ated containers have a connection to a ship’s refrigeration 
system that provides refrigerated air to each container. 

1.6 Refrigerant*. The fluid employed as the heat ab- 
sorber or cooling agent in any refrigerating process is 
called a refrigerant. A refrigerant can be easily changed 
from a liquid state to a vapor state and back to a liquid 
state. It should have a low boiling point, a freezing point 
lower than the intended operating point, and the capability 
to absorb and carry heat at a low temperature and reject 
heat upon condensing to a cooling medium such as water 
or air. 

Research in the field of hydrocarbons and of the meth- 
ane and ethane series determined that by substituting one 
or more halogen atoms (fluorine, chlorine, or bromine) for 
hydrogen atoms, almost any type of refrigerant needed 
for a specific use or for a specific type of equipment can 
be synthesized. This permitted the development of non- 
flammable, low-hazard refrigerants having various op- 
erating characteristics. These halogenated hydrocarbons 
are typically referred to as Freon (trademark of Dupont 
de Nemours and Co.), although they are available under 
a variety of trade names in addition to Freon. Refriger- 
ants are identified by a standard designation system de- 
veloped by the American Society of Heating, Refrigera- 
tion, and Air Conditioning Engineers. A listing of some 
available refrigerants is contained in reference 5. 
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Refrigerants that are used in a closed system and un- 
dergo a change of state (liquid to gas) are referred to as 
primary refrigerants. In some refrigerant applications, 
heat is transferred to a secondary coolant A secondary 
coolant can be almost any liquid used to transmit heat 
without a change in state. Secondary coolants are used 
where a large quantity of refrigerant would be needed to 
fill the system, the spaces to be served are not near the 
refrigeration machinery space, there is a diversity of com- 
partment temperatures to be served, or a high humidity 
is required to minimize the loss of moisture from a stored 
product 

Water is normally used as the secondary coolant for an 
air-conditioning system, and a brine solution is normally 
used in a refrigeration system. When a secondary coolant 
is used, the primary refrigerant is used to cool the second- 
ary coolant, and the secondary coolant is then circulated 
through the space to be cooled and carries the heat from 
the space back to the primary refrigerant. 

The design of the equipment in the refrigeration system 
is greatly influenced by the properties of the refrigerant 
selected to be used in the system. A refrigerant must 
satisfy many requirements, some of which do not directly 
relate to its ability to transfer heat, A refrigerant should 
be chemically stable under conditions of use, nontoxic 
in low concentrations, nonflammable, noncorrosive, and 
have no adverse environmental effects. Cost, availability, 
and compatibility with compressor lubricants and materi- 
als with which the equipment is constructed are other 
factors that must be considered. 

Refrigerants may be toxic, flammable, or both. In refer- 
ence 6, refrigerants are classified according to the hazard 
involved in their use. The Underwriters Laboratories have 
developed a classification system of comparative hazards 
to the life of refrigerant gases and vapors. By definition, 
the most hazardous are Group 1 gases or vapors which, 
in concentrations of about to 1% for durations of expo- 
sure of about five minutes, are lethal or produce serious 
injury. Proper safety precautions must be taken based on 
the hazard of the refrigerant used. For naval construction, 
Section 516 of reference 7 requires a halocarbon monitor- 
ing system in spaces containing refrigeration machinery. 
Since the refrigerant gases are heavier than air, exhaust 
ventilation terminals in refrigeration machinery spaces 
are required to be located nine inches above the deck in 
the vicinity of refrigeration machinery plants. 

In addition to volatility, heat transfer, stability, and 
toxicity, environmental effects must be considered when 
selecting a refrigerant. Chlorinated hydrocarbons {chloro- 
fluorocarbons) comprising the vast majority of all refrig- 
erants can migrate to the stratosphere once released from 
a refrigeration or air-conditioning system, where they de- 
stroy the earth's ozone layer, exposing the earth to higher 
levels of ultraviolet radiation. 

To control the emission of chlorofluorocarbon s (CFCs) 
and reverse the damage to the ozone layer, over 50 nations 
have signed and ratified an international treaty known as 
'The Montreal Protocol on Substances That Deplete The 
Ozone Layer.” This treaty imposed strict limits on the 


production of fully chlorinated refrigerants with a com- 
plete phase-out mandated by the year 2000. This produc- 
tion phase-out schedule has been re-emphasized in the 
United States by the passage of the 1990 amendment to 
The Clean Air Act and is enforced by the Environmental 
Protection Agency. Systems engineers are required to 
design air-conditioning and refrigeration systems using 
partially chlorinated hydrocarbons (HCFCs) such as R- 
134a, or more exotic chemicals, such as E-134, an ether, 
which traditionally have not been considered because of 
the availability of the less expensive CFCs. 

Partially chlorinated refrigerants (HCFCs) have small 
ozone-depletion potentials (ODPs) because of their one 
chlorine atom, and nonchlorinated fluorocarbons and ex- 
otic chemicals have a zero GDP. HCFCs are not required 
to be phased out under the Montreal Protocol, but their 
use as a refrigerant is prohibited as of 2030 in the United 
States by the Clean Air Act, thus making HCFCs an in- 
terim solution at best for new system designs. The ozone 
depletion potentials (ODPs) for CFCs are: 

ODP 

(relative to R-ll) 

1.0 

1.0 
0.8 

1.0 
0.6 

The primary use of refrigerants on ships is for air condi- 
tioning and refrigerated storage. Other applications are 
for equipment such as water coolers, ice-cream makers, 
and soft-drink machines. Refrigerants such as R-113 are 
also used as cleaning solvents and flushing agents for 
piping systems. Refrigerants R-ll, R-12, R-22, and R-114 
are commonly used in naval shipboard air-conditioning 
and refrigeration systems. R-12 and R-22 are used in recip- 
rocating compressors for both refrigeration and air-condi- 
tioning systems, while R-ll and R-114 are used in centrifu- 
gal compressors for air-conditioning plants. Commercial 
ships use a much wider variety of refrigerants. Refriger- 
ants approved for shipboard use are contained in refer- 
ences 8, 9, and 10. 

Additional information concerning refrigerants and re- 
frigerant properties may be found in references 5, 10, and 
11 . 

1-7 Control Systems. Shipboard air-conditioning, re- 
frigeration, and ventilation control systems are designed 
to monitor and automatically control the various sensing 
devices, alarms, gages, control valves, electronics, pneu- 
matics, and other devices necessary to operate the HVAC 
and refrigeration systems. Control systems operate by 
comparing the actual value of the controlled variable 
against the design value. They then adjust the flow of air, 
water, steam, refrigerant, or electricity as necessary to 
approach the design value. 

Automatic controls fall into three categories: pneu- 
matic, self-contained, and electric. Pneumatic control sys- 
tems are the most common type used on merchant con- 
struction while electric controls are more common on 
naval construction. 


Refrigerant 

R-ll 

R-12 

R-113 

R-114 

R-115 
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In merchant construction, where pneumatic controls 
are used for any other control service, e.g,, boiler combus- 
tion and hold dehumidification, it is easy to extend the 
compressed-air system and use this type of control for air 
conditioning and heating. Air from ship service systems 
is not always suitable for this purpose because of its oil 
and moisture content. This is particularly troublesome on 
tankers and bulk carriers where there are long runs of 
weather-exposed piping. The best practice, particularly 
for passenger ships of appreciable size, is to provide one 
or more independent compressed-air systems cross-con- 
nected to the ship service system for emergency operation 
only. 

Primary compressed air (usually between 80 and 100 
psig), after drying and cleaning, is reduced in two stages 
to the 15 to 19 psig required. Heating-cooling thermostats 
require dual-pressure compressed air; the lower pressure 
is for heating and the higher one for cooling. Switching 
of pressures is accomplished automatically or manually. 

Self-contained controls are used only on merchant con- 
struction where there are few controls or where suitable 
compressed air is not readily available. On naval vessels, 
they are used for controlling steam coils, e.g., preheaters, 
reheaters, and combination heaters. Self-contained con- 
trols are limited as to sensitivity, adjustability, and throt- 
tling range. They are not suitable where the available 
pressure drop is small, i.e., single-pipe heating systems, 
or for systems requiring sequenced operation. 

Electric controls are used primarily for simple applica- 
tions where compressed air is not available under all cir- 
cumstances, and where suitable self-contained devices are 
unavailable, A typical example is the control of dampers 
at weather terminals serving emergency diesel generator 
radiator cooling. On naval construction, special dual-tem- 
perature thermostats are often used to control chilled 
water coils and re heaters (steam and electric). Sensing 
elements for water coils, either temperature or humidity- 
actuated, control on-OFF switches. Humidity control is 
provided only for critical spaces. 

The most important advance in HVAC control systems 
has been the introduction of computer technology. Today, 
computers and microprocessors provide overall supervi- 
sion and management of shipboard HVAC and refrigera- 
tion control systems. Some of the principal advantages of 
computer-operated control systems are: 

• Central operation — all HVAC equipment is control- 
lable from one central point 

• Safety 

• Increased accuracy 

• Greater economy 

• Plant performance monitoring 

Digital control systems can control the variables to 
close tolerances in order to maintain a constant ambient 
condition. On passenger ships, this means a constant com- 
fort condition. On cargo ships the objective is a constant 
temperature/ humidity condition, which is optimum for 
the specific cargo, and provided at minimum initial and 
operating costs. 


The basic digital control system comprises three types 
of components: sensors which sense the value of the con- 
trolled variable, controllers which compare the sensed 
value with the desired value or set point and generate 
an output signal to the controlled device, and controlled 
devices which regulate the controlled variables. The digi- 
tal control system onboard a ship is made up of numerous 
control loops designed to control the many elements that 
make up the HVAC system. 

Sensors are used to measure temperature, humidity, 
pressure, and fluid flows. For each type of sensor there 
is a variety of sensing elements tailored for use in specific 
applications. Thermocouples, thermistors, pressure trans- 
ducers, and pitot tubes are examples of sensors. 

The digital controller uses a microprocessor or minicom- 
puter. The microprocessor takes signals from the sensing 
elements, compares them with the set point stored in mem- 
ory, and generates the proper control signal to the con- 
trolled device. Controlled devices regulate the flow of wa- 
ter, steam, electric current, or air to meet the set points 
established for the various controlled variables in an air- 
conditioning or refrigeration system. Valves and dampers 
are examples of controlled devices used in HVAC 
systems. 

The hardware of a digital control system is located at a 
control point such as an engineer's operating station, with 
additional remote units at damage-control stations and 
the pilothouse. A digital control system provides a high 
level of accuracy, increased efficiency, and central control 
of all elements of the HVAC systems. It can also provide 
alarm capabilities as well as maintenance requirements 
and overall system analysis. Additional flexibility is also 
available for controlling the HVAC system during a fire 
or damage-control condition. 

A more detailed discussion of control components and 
systems is contained in reference 4. Specifications for 
control components for naval construction are contained 
in reference 7. Navy standard control, alarms, and gages 
may be found in reference 12, Requirements for controls 
on merchant construction are contained in reference 2. 

1*8 Insulation. Insulation materials used onboard 
ships should have the following characteristics: 

* High insulation value 

* Light weight 

* Flexibility and resilience 

* Fire resistance with nontoxic combustion by- 
products 

* Odorless and not susceptible to mold 

* Reasonable price 

* Durability 

Insulation materials for merchant ships must meet re- 
quirements established by the U.S. Coast Guard [13] and 
the U.S. Maritime Administration [2]. Materials used for 
naval construction must conform to the applicable mili- 
tary specifications as delineated in reference 7, 

Insulation is used in HVAC systems primarily for ther- 
mal, fire, and acoustic purposes, and is applied on both 
compartment bulkheads and system ductwork. 
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a. Thermal insulation. Thermal insulation is a heat- 
resisting material that is applied to the underside of decks, 
on bulkheads, on partitions, and to HVAC ductwork. Ther- 
mal insulation is applied to surfaces to reduce heat gain 
or loss, control surface temperatures for personnel pro- 
tection and comfort, provide fire protection, and prevent 
condensation. The selection of the proper type and thick- 
ness of thermal insulation is important in providing the 
best results in the most economical manner. 

The most widely used thermal insulation is fibrous glass 
that meets the requirements of reference 14. It is installed 
on the exterior surface of the ductwork. 

Requirements for the insulation treatment of compart- 
ments and ductwork on naval ships are contained in refer- 
ence 7. Insulation criteria for merchant ships may be 
found in references 2 and 15. 

Because of weight considerations, the insulation treat- 
ment on naval ships is somewhat less than it is on mer- 
chant ships. This applies primarily to the basic thickness 
of the insulation used for comparable applications. 

Another difference is that on merchant ships, ceilings 
and linings are fitted in "hotel'* areas to conceal structure 
as well as insulation, piping, ducts, and other services. 
Therefore, the insulation can be less durable with respect 
to service abuse, and does not require a surface finish for 
protection or decorative reasons. Also the resulting dead- 
air spaces have an insulating effect. Another significant 
difference is that on merchant ships, metal sheathing is 
fitted to protect insulation that is not concealed by linings 
and ceilings (joiner work). The high conductivity of this 
sheathing appreciably reduces the effectiveness of the 
insulation treatment unless adequate means are provided 
to thermally isolate it from the supporting ship structure. 

The control of condensation is an important consider- 
ation in determining the thickness of insulation to be ap- 
plied. Sufficient insulation must be provided to maintain 
the temperature of the warm side surface above the dew- 
point temperature. Moisture in the insulation and conden- 
sation forming on surfaces that are below the dew point 
negate the effectiveness of the insulation and can cause 
deterioration. To prevent moisture from condensing 
within the insulation material, a vapor barrier should be 
provided, Further discussion of the control of condensa- 
tion may be found in references 5, 11, and 15. 

b. Acoustical insulation. Acoustical insulation may 
be divided into two categories, acoustic absorptive treat- 
ment and acoustic transmission-loss treatment. Acoustic 
absorptive treatment is installed in ductwork to absorb 
excessive airborne noise caused by fans, mechanical vibra- 
tion, and air movement. The most widely used materials 
for acoustic absorptive treatment of ductwork include: 

* Faced fibrous glass board with perforations in the 
face, which meets the requirements of reference 14 
or 16. 

* Unfaced fibrous glass blanket, which meets the re- 
quirements of reference 17 and is installed around 
perforated aluminum duct. 


Both types of fibrous glass treatments absorb noise 
within the duct and reduce the transmission of both noise 
and heat through the duct walls. 

Acoustic transmission-loss treatment is applied to duct- 
work to attenuate the direct transmission of noise through 
the duct walls. Acoustic transmission-loss treatment con- 
sists of a mass layer isolated from the duct surface by a 
resilient material such as thermal insulation. The mass 
layer usually consists of metal sheathing or a flexible 
material such as barium-sulfate-loaded vinyl. Closed-cell 
polyimide A>am is the preferred material for the resilient 
layer; however, a unicellular plastic material conforming 
to the requirements of reference 18 is also widely used. 

An open-cell polyamide foam that meets the require- 
ments of reference 19 can satisfy both thermal and acous- 
tic absorptive insulation requirements. When applied with 
a fire-res\stant adhesive that meets the requirements of 
reference 20, open-cell polyamide foam does not release 
the thick, 'black, toxic smoke that unicellular plastic does 
when it burns; therefore, open-cell polyamide foam is pre- 
ferred in this respect. 

When both thermal and acoustical treatments are re- 
quired. only one type of insulation need be installed pro- 
vided it meets both requirements. 

For both merchant and naval construction, usually one 
inch of insulation is installed on air-conditioning system 
ductwork as well as a vapor barrier or vapor seal to pre- 
vent the condensation of vapor in the insulation. For naval 
construction, the vapor barrier consists of two or three 
coats of a coating as specified by reference 21, 

The thickness of insulation on compartment bulkheads 
varies with the location of the bulkhead and the tempera- 
ture on both sides of the bulkhead. The area of application, 
extent of coverage, and thickness of insulation for naval 
construction is contained in Section 685 of reference 7, 
The thermal insulation used for refrigerated spaces on 
naval construction is polyurethane foam [22]. The insula- 
tion may be poured or froth foamed in place, preformed 
blocks, or prefabricated webbed panels consisting of 
sheathing and insulation. 

For bulkheads, stiffeners, deep webs, girders, and over- 
heads, the insulation density should be a nominal 2 lb/ft 3 . 
For decks, the density should be a nominal 4 Ib/ft 3 , except 
where prefabricated webbed panels are used in the deck 
areas; in this case the insulation density may be 2 Ib/ft?, 
Specifications for the insulation materials used for mer- 
chant construction may be found in reference 2, and for 
naval construction in reference 7* 

1.9 Noise Control. The purpose of an HVAC system 
is to provide an acceptable environment for the activities 
to be performed in specified spaces. A proper acoustical 
environment is important to meeting that goal. While the 
noise generated by the HVAC components is only a part 
of the noise generated within the ship, all sources of noise 
should be evaluated and controlled, as appropriate, to pro- 
vide an acceptable environment. On merchant ships acous- 
tic and vibration control serves mainly as a means for 
comfort and to prevent damage to equipment. On naval 
and oceanographic ships, however, vibration and noise 
must be controlled for additional and more vital reasons. 
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These include the elimination of interference with de- 
tecting and measuring devices, the prevention of detection 
by the enemy, the prevention of deafness, and the elimina- 
tion of interference with aural communications. In the 
design of an HVAC system, this can be accomplished by 
proper equipment layout, by maintaining low air velocities 
in ductwork, by proper balancing of airflows, by incorpo- 
rating acoustic treatment, and by using dampening de- 
vices, such as resilient mounts for fans. 

The two primary sources of noise in HVAC systems are 
the fan and the high-velocity airflow through duct and 
duct system components. Fan noise is carried downstream 
through the ducts. One way to minimize fan noise is to 
select a fan with low noise characteristics, and operate it 
as close to its point of maximum efficiency as possible. 
The peak efficiency point of operation is also the minimum 
noise point. To attenuate noise generated by a fan, the 
attached ductwork may have to be acoustically treated 
(insulated). Of course, the use of acoustical treatment 
should be carefully considered because straight duct and 
long-radius, 90-deg bends or elbows have natural sound- 
attenuating qualities. Straight duct will not attenuate 
sound effectively in high-frequency ranges because the 
noise tends to propagate along the duct However, a series 
of 30-deg bends and turns, although a disadvantage in 
terms of system pressure loss, will attenuate noise. The 
noise attenuation and pressure loss in HVAC system duct- 
work are closely related; both are associated with inter- 
ruptions in uniform airflow. The required! amount of 


acoustical treatment is determined on a case-by-case ba- 
sis, as dictated by the noise level requirements. 

The noise generated by the flow of air increases with 
the air velocity. However, obstructions Inside ducts and 
system components, such as heaters and cooling coils, 
are also sources of noise, as are abrupt contractions and 
expansions. 

To avoid noise generation as well as pressure loss, there 
are general design practices that should be followed. Ide- 
ally, duct system components such as elbows, fans, turns, 
and takeoffs should be separated by five to ten duct diam- 
eters. This separation would ensure the straightening of 
turbulent flow before it enters the next system compo- 
nent. However, this is seldom possible on a ship. All transi- 
tions should be as smooth and even as possible with long 
approaches. Abrupt changes of direction, such as sharp 
bends and takeoffs, should be avoided. Any obstructions 
in the duct should also be avoided, and fittings should be 
smooth. The duct sections should be kept round and as 
large as possible. Rectangular duct is less preferable be- 
cause it increases turbulence and is less rigid. The airflow 
approaching terminals should be as uniform and as slow 
as possible. 

Additional information concerning the fundamentals 
and control of noise can be found in references 4, 5, and 
23. Target noise limits can be found in references 2, 7, 
and 24. Reference 25, a report for predicting noise levels 
caused by ventilation and air-conditioning systems, may 
be used as a guide during system design. 


Section 2 

The Design Process 


2.1 Design Considerations. Heating, ventilation, air- 
conditioning, and refrigeration systems are designed to 
meet predetermined criteria with regard to temperature, 
humidity, etc., under preset maximum and minimum con- 
ditions. Calculations are performed to determine the heat 
transfer into or out of compartments or spaces in order 
to establish heating and cooling loads, which are then used 
to design the required systems and to select the necessary 
equipment needed to meet the design criteria. 

Before the HVAC calculations can be made, specific 
data must be known, including: 

• Outside air design dry-bulb temperature for both 
the cooling and heating seasons. 

• Outside air design wet-bulb temperature for the 
cooling season. 

• Room design dry-bulb temperature for both the cool- 
ing and heating seasons. 

• Room design wet-bulb temperature for the cooling 
season. 

• Design seawater temperature for both the cooling 
and heating seasons. 

• Physical dimensions for each room. 

• Boundary constructions for each room. 


* Lights in each room. 

• Equipment in each room, 

* Occupancy of each room. 

* Room ventilation requirements. 

Most of the above design data are listed in, or can be 
determined from, the information contained in the ship's 
specifications, general arrangement plans, joiner arrange- 
ment plans, structural plans, lighting arrangement plans, 
and equipment lists; however, where specific information 
is not available, the design criteria recommended in refer- 
ences 4 and 26 may be used. 

For the purpose of determining the heat gains (cooling 
load) of a compartment for the cooling season, heat may 
be added directly to a compartment from a number of 
sources, including: 

* Through compartment boundaries from sur- 
rounding areas, weather air, seawater, or solar radi- 
ation (sensible heat). 

• From lights within the compartment (sensible heat). 

• From personnel within the compartment (sensible 
and latent heat). 

• From equipment within the compartment (sensible 
and latent heat). 
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Table T Air-conditioning, ventilation, and heating design 
temperatures 


Cooling Season 

Navy 

Maritime 

Weather air, dry bulb, °F 

90 

95 

Weather air, wet bulb, 

SI 

82 

Inside air, dry bulb, “F 

80 

78 

Inside air, wet bulb, *F 

- (55% RH) 

65 (50% RH) 

Seawater, T 

35 

85 

Heating Season 

Weather air, dry bulb, °F 

10 

0 

Inside air, dry bulb, °F 
Seawater, “F 

65/70 

70 

2S 

£8 

Solar 

Horizontal steel deck. “F 

140 

Single Multi 
145 130 

Vertical steel bound- 

aries, *F 

120 

125 115 


■ From cargo within the compartment (sensible and 
latent heat). 

* From processes performed within the compartment 
(sensible and latent heat). 

* From open liquid surfaces within the compartment 
(sensible and latent heat). 

* From various systems located within or passing 
through the compartment (sensible and latent heat), 

■ From air taken into the compartment from sur- 
rounding areas or the weather (sensible and latent 
heat). 

In determining the heat losses (heating load) of a com- 
partment for the heating season, heat may be lost from a 
compartment through compartment boundaries to sur- 
rounding areas, weather air, or seawater (sensible heat). 
In addition, there can be a heat loss resulting from air 
being taken into (and lost from) the compartment from 
surrounding areas, or the weather (sensible and latent 
heat). 

2.2 Ventilation Criteria. The amount of ventilation air 
required for a compartment can be based on a specified 
number of air changes per hour, the number of occupants 
in the space, or by a limiting temperature rise over the 
design weather temperature. These factors may be either 
used separately or in conjunction with each other, with 
the factor yielding the highest quantity being the deter- 
minant 

Ventilation load calculations are based on outside tem- 
peratures of 95 F in summer and 0 F in winter for mer- 
chant ships and on outside temperatures of 90 F in sum- 
mer and 10 F in winter for U.S. Navy ships. Air changes 
in ventilated spaces are based on the gross volume of 
the space without deductions for any furnishings. The 
minimum quantity of supply air provided to a space is 35 
cfm (previously 75 cfm on Navy ships). 

Recommended design criteria for non -air-con ditio fled 
spaces on merchant ships may be found in references 
9 and 26 and for Navy ships in reference 27. For both 
ventilation and air-conditioning systems it is necessary to 
determine the load requirements for each space. A space 
load is the sum of the loads resulting from transmission, 
solar, lights, and equipment. For air-conditioning systems 
the load also includes personnel and replenishment air 


Table 2 Assumed space lighting loads 


Space Btu/hr-ft 2 


Passenger staterooms 7 

Captain and chief engineer staterooms 7 

Officer staterooms 4 

Crew staterooms 4 

Messrooms, lounges and public spaces 9 

Offices 7 

Other spaces 7 


t 

Table 3 lighting heating load conversion 


Lighting requirement, 3 

foot-can ales 

7 

14 

21 

28 42~ 

Incandescent light heating 2.5 

4.3 

8,2 

11.0 

13.6 - 

load, Btu/hr-ft 2 





Fluorescent light heating — 

load, Btu/hr-ft 2 

2.8 

5.0 

7.0 

8,9 15.0 


Note: Btm loads are based on the actual maintained lighting levels. 


loads. The temperatures recommended for use in calculat- 
ing the transmission and solar loads are contained in Table 
I, The criteria for determining transmission and solar 
loads for ventilation systems are the same as for air- 
conditioning systems and are discussed in Section 2,4. 

Lighting loads for both merchant and Navy ships, when 
the actual wattage for the space is known, is 3415 Btu/ 
kWh. However, for fluorescent lighting a ballast load 
must also be included. For the ballast load, merchant prac- 
tice uses a factor of 1.25 times the fluorescent-bulb watt- 
age while Navy practice uses 4.5 watts per fluorescent 
bulb. 

When the actual wattage is not known, an estimate 
must be made for the lighting load. For merchant ships 
the lighting load, q , may be estimated as follows: 

q = AL (8) 

where 

A — deck area, ft 2 

L = load constant, Btu/hr-ft 2 (see Table 2) 

When using equation (8) to estimate lighting loads, the 
deck area is based on finished dimensions. 

When the installed lighting load is later known, the 
estimated lighting loads are superseded by the more accu- 
rate data. This is particularly important for messrooms 
and other public spaces with large lighting loads. 

On naval ships, if the actual wattage is not known, the 
heat gains from lighting units can be estimated based on 
lighting foot-candle requirements as noted on the com- 
partment design criteria sheet. Foot-candle lighting re- 
quirements can be converted to heating load as indicated 
by Table 3. 

For stateroom lighting loads, see Table 4. 

The heat gain from personnel is not considered in venti- 
lated compartments since the sensible heat gain is negligi- 
ble at ventilation design temperatures, and the moisture 
content of the cooling medium (weather air) varies to such 
an extent that the relatively small addition of latent heat 
from personnel is not significant. 
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Table 4 Stateroom lighting heat loads 



Incandescent 

FI tiroes cent 

Stateroom (single) 

680 Btu/hr 

2.4 Btu/hr-ft 2 
+ 150 Btu/hr 

Stateroom (dept, head) 

1200 Btu/hr 

4.3 Btu/hr-ft 2 
+ 150 Btu/hr 

Stateroom (double) 

1020 Btu/hr 

2.4 Btu/hr-ft 2 
+ 230 Btu/hr 

Stateroom (triple) 

1360 Btu/hr 

2.4 Btu/hr-ft 2 
+ 310 Etu/hr 

Bunkroom 

2040 Btu/hr 

2.4 Btu/hr-ft 2 
+ 460 Btu/hr 


Ventilation for machinery spaces is intended to provide 
a reasonable atmosphere for operating personnel while 
maintaining a satisfactory ambient condition for machin- 
ery. Judgment, based on previous experience rather than 
heat-liberation calculations, generally dictates the air re- 
quirements. A knowledge of successful experience with 
spaces having similar characteristics and equipment is 
particularly valuable. On merchant ships with turbines or 
high-speed diesel propulsion equipment, mechanical sup- 
ply systems usually provide a volume of air that is suffi- 
cient to change the air in the machinery space in one 
minute. A rate of change of 1.5 to 2 minutes is common 
for spaces with slow-speed diesels and in engine rooms 
that are relatively spacious. The quantity of supply air 
falls in the general range of 6 to 10 cfm per shaft horse- 
power. 

Exhaust terminals over high heat-concentration 
sources reduce the heat dissipated to working and watch 
areas in the machinery spaces. Most of the supply air is 
distributed directly to watch areas. There is a relatively 
small air temperature rise in the blast area; therefore, 
watch personnel benefit from spot cooling. For merchant 
ships, reference 2 requires that an enclosed air-condi- 
tioned operating station be provided in the machinery 
space. 

Engine-room exhaust ventilation may be natural, me- 
chanical, or a combination of both. Theoretically, the ex- 
haust volume equals 110 to 120% of the supply volume. 
The excess exhaust is necessary for two reasons; it com- 
pensates for the thermal expansion of the supply air, and 
it creates an indraft to prevent a dissipation of heat into 
adjacent spaces. Engine-room exhaust requirements gen- 
erally are determined without considering combustion air. 
The combustion air extraction, however, must not impede 
the normal thermal flow of hot exhaust air up the machin- 
ery space casings. Otherwise, the temperature within the 
casings will rise, which in turn will increase the heat trans- 
mitted to surrounding spaces. 

The annular space between the outer stack and uptake 
(smokepipe) provides an ideal passage for a natural ex- 
haust. A natural exhaust can provide satisfactory results 
where air paths are short and there is ample space to 
utilize low duct and terminal velocities (1000 fpm or less); 
however, where both of these conditions do not exist, a 
mechanical exhaust is essential. 

The shaft alleys on merchant ships are usually venti- 
lated by a natural supply from the machinery space at the 


forward end of the shaft alley, and by a natural exhaust 
via the escape trunk at the after end. This arrangement 
acts as an equalizer when the combustion air consumption 
varies. Details concerning machinery space ventilation re- 
quirements for merchant ships can be found in reference 
2; requirements for naval ships are in reference 27. * 

Weather intakes for ventilation systems should be lo- 
cated to avoid an ingestion of the discharge from exhaust 
systems, diesel engine exhaust, smokestacks, or any other 
source of contamination. Weather intakes should be de- 
signed with airlifts and located to prevent shipping seawa- 
ter, driving rain, or spray. Reference 28 provides guidance 
concerning the protection of ventilator openings and dis- 
tances of air intakes from possible hazardous vapors. 

Battery rooms and lockers are ventilated to remove the 
hydrogen gas that is released when charging batteries. 
Requirements with regard to battery-room ventilation, as 
well as criteria for other ventilated spaces, are contained 
in reference 27 for naval ships and in reference 29 for 
merchant ships. 

Ventilation supply systems also provide replenishment 
air for air-conditioning recirculation systems to prevent 
an accumulation of odors. Ventilation exhaust systems 
are used to exhaust stale air from air-conditioning recircu- 
lation systems as required to maintain an air balance. 

2.3 Ventilation Loads and Calculations. When per- 
forming heating and cooling load calculations, both for 
ventilation loads and for air-conditioning loads, a form 
similar to Fig. 7 is normally used. Each compartment on 
the ship should be listed whether or not calculations are 
required for the compartment Information listed on each 
sheet should include the compartment name, design or 
assumed temperatures for heating and cooling, compart- 
ment location, adjoining spaces and their temperatures, 
the dimensions for the common boundary, the “IT* factor, 
and the direction of heat flow. The load should be classi- 
fied by the key designation for each load component. The 
standard keys for load components are as follows: 

Key Load Component 

1 Deck over 

2 Deck under 

3 Outboard bulkhead or shell 

4 Forward bulkhead 

5 After bulkhead 

6 Inboard bulkhead 

7 Lights 

8 Equipment 

9 Personnel 

For those instances that require an additional load com- 
ponent for infiltration/ ventilation air, key 10 is used. The 
identical key designations are used for both the cooling 
and heating load calculations; however, all key designa- 
tions may not be applicable for any one particular com- 
partment. In cases where a particular load component 
consists of more than one heat gain or loss, the key num- 
ber for that load is repeated for as many heat gain or loss 
calculations as are required. 


862 


MARINE ENGINEERING 


1 


HSU 

11 011O1M3 



o JO o 

1331* | 

■ON S* mv« 

it 

4 1*4 


SNOtlVVDTVS GV01 ON 11003 QNV 0NI1V3H 


! a 















a 

I * 

o 

o 

z 

St 

w 

X 

1 

¥ 

X 















3 











, j 







i 

| 












r 

f 



j 

J 














u 

s 

■s 

£ 

1 

; 

i 

i 

l 

1 

1 

1 . 

1 



1 

! 

! 

i 

1 

! 

i ! 

1 

J 

! 

: | 

1 

1 

! ! 

i 

1 


X 



1 




| ; ; 

1 ' ! 







! f 

i J 



- i 


- 



i 


1 


j | 


M 

w 

X 



! ! 

; 


1 1 

1 

i : 

* | H 




1 

1 Ml 

1 o 

1 z 

i 

u 

m 

X 

3 

& 


tn 

3 

rH 

1 

i 

\ 

1 

ij 

1 «! m i 

Si SI | 

l 41 

1 J 

3 
f n 

! ! 
! 


i 

i 


D 

O 

CN 


N. 


1 


1 _i 1 






tn 


Ln 




i td 

1 , ttst d 


! 


>! 

CM 


v£) 

m 


! 

! 


! 1 3 1 

j j o- : 

! 

j 

I 

j 

1 

1 

o 

%£J 

X 

o 

r- 

1 

1 

! © 

! * 

X! 

o : 

1^1 

■ 

| 

; 

l 

. 

1 

f 


1 — jcr -* ■ — 

5 

1 1 i 1 i ! 

SB. ! 

1 S* ' 

1 ^1 

1 ^ <«! i 

I J m 1 

1 1 

1 ■ xi 1 

O CLj! 

io J 

CM] 

! i 

i 

] 

i 

j 

! 

| 

| 

I 

! 

i 

lA 

Z 

1 *^1 

ai 


.C 

3 C 




i i i T 



1 

& 

a 

3 

S 

CM 

si 

i s 

g 

f-H 

II i -1 j. 1 


1 

- 

■ m ' 

9 






1 

! ! : 


i 

I- 


> 

i-H 

1 

rr 

■3 


\£5 

r--l coj o\\ 


! 

i 

: 


„ O X 

Z -V 

- f , 

Is 

it 

u 

u 

a 

r — 1 
0 
W 3 

: jji 

1 c 
□ 

i h 

I H 

i £ 

r—t 

■. Sd 

L 

to 

w 

13 

' 

& 

C 

£ 

1 ! 

c 

4 J 

tii 

00 

4 

m 

m 

j 

m 

41 

Ji 

00 

*H 

m 3 

M 

& 

O' 

{13 

1 

DO 

M 

V 

c- 

[ 

J ! 

1 


1 

j 


i 

j 

W 50 

1 S 
z * 

I fl 

* s 

i 2 = 

I I 
“ 5 

3 

PS 

£ 

ijj 

m3 

> 

m 3 

CM 

O 

FR 110 - 113 P 

i 

1 

1 






1 

1 






. 


» — £ O O 

i * 3 s 3 

o = 5 


! * i 


i 
1 1 
6 

5S 

X LU 

x 1 | 

Mi 

Ef ! 

— DC 
e o - 


° £ 

ku H 

£ 3 

- ® 

a a 

* 5 

Uu D 


irt X 1 

X * S 
^ g 2 


*n us ac i> .j 


g 






Fig. 7 Hooting and cooling load calculation form 
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CONSTRUCTION 

CONDITION 

U (Btu/hr - ft 1 - -F) 

H 

u t 

0 1 


NO. 0, NO INSULATION 





INSIDE AIR TO INSIDE AIR 

.SI 

1,03 

$4 

1 

WEATHER AIR TO INSIDE AIR 

1.34 

i.er 

.86 

OUTSIDE SURFACE TO INSIDE AIR 

1.77 

2.04 

1-46 

MO 12 

INSIDE AIR TO INSIDE AIR 

-2S 

.32 

.27 

TT 

WEATHER AIR TO INSIDE AIR 

OUTSIDE SURFACE TO INSIDE AIH 

.34 

,36 

.30 


.30 

.30 

.40 

NO. 14 4 14P 





Hf- 

INSIDE AfR TO INSIDE AIR 

WEATHER AIR TO INSIDE AIR 

.24 

.27 

.25 

2B 

,22 

.26 

OUTSIDE SURFACE TO INSIDE AIR 

,30 

.31 

.30 

NO. 18 

INSIDE AIR TO INSIDE AIH 

.17 

.16 

.16 


WEATHER AIR TO INSIDE AIR 

OUTSIDE SURFACE TO INSEDE AIR 

.19 

,20 

.21 

.17 

.20 


ACOUSTIC, £* FIBROUS 

CLASS & SHEATHING 

INSEDE AIR TO INSIDE AIR 

- 

.34 

29 


WEATHER AIR TO INSIDE AIR 


.43 

— 

2 M 

OUTSIDE SURFACE TO INSJDE AIR 


- 

.43 

CLEAR GLASS SINGLE PANE 

WEATHER AIR TO INSIDE AIR 

OUTSIDE SURFACE TO INSIDE AIR 





SOLAR RADIATION 




CLEAR GLASS DOUBLE PANE 

WEATHER AIR TO INSIDE AIR 

OUTSIDE SURFACE TO INSJDE AIR 

SOLAR RADIATION 









Heat losses to refrigerated stowage spaces shall be calculated using a 'U* factor 
of 0.10, regardless of the direction of heat flow. 




Fig. 8 Heot-trcmsfer coefficients for Navy 
ships 


Each key is entered individually in the appropriate 
column of the calculation form. For keys 1-6 the load 
components may be heat transmissions from or to the 
surrounding compartments, weather, seawater, solar indi- 
cation, etc,, based on the equation: 

H = UA AT (9) 

where 

H = rate of heat transmission, Btu/hr 

U — overall heat transmission coefficient, Btu/hr-ft 2 - 
deg F 

A — surface area, ft 2 

A T = temperature difference between medias on each 
side of area, deg F 

The overall heat transmission coefficients generally 
used for naval construction are shown by Fi g t 8. Figure 
9 shows the ** U u values commonly used in merchant de- 
signs. Reference 30 contains additional U values that are 


used for merchant ships, and reference 31 contains addi- 
tional U values that may be used in the design of naval 
ships. The U values used for merchant construction differ 
slightly for heating and for cooling calculations. For naval 
construction the same U value is used for both heating 
and cooling calculations. 

For ventilated compartments, the individual load com- 
ponents are summed and result in a compartment sensi- 
ble-heat gain during the cooling season, and a total heat 
loss during the heating season. The required ventilation 
air quantity necessary to maintain the design temperature 
during the cooling season can be determined directly us- 
ing the following equation (depending upon specific de- 
sign criteria, this may be either the mechanical supply 
requirement, mechanical exhaust requirement, or both): 

Q - — (10) 

60 C v d(U-t 0 ) 


1.08 f % - tj 1.08 M 
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CONSTRUCTION NOTES 


MARINATE SHEATHING OR LINING 
SHEET HETAL SHEATHING OR LINING 
WOOD DECK 12.5 INCHES THICKI 
ANTI-SWEAT COMPOUND 


XXXXX 


UNLESS OTHERWISE NOTED, INSULATION THICK- 
NESS JS l INCHES ON PLATES AND I INCH ON BEAMS 
AND STIFFENERS. 


THERMAL BREAKS OF NON-METALLIC FURRING 
STRIPS AND BLOCKS ARE CONSIDERED TO BE PROVIDED 
TO PREVENT M ETAL-TO-M ETAL CONTACT BETWEEN HETAL 
SHEATHING AND SUPPORTING STRUCTURE. 


INSTRUCTIONS 


USE "SURFACE TC AIR "FACTORS FOR CALCULATING 
SOLAR LOADS AND TRANSMISSION FROM SURFACES 
EXPOSED TO LIQUIDS ON ONE SIDE. USE "AIR 
TO AIR" FACTORS FOR ALL OTHER SURFACES, 

TREAT PROMENADES AND SIMILAR SPACES. WITH OR 
WITHOUT WINDOWS. THE SAME AS WEATHER AREAS. 
FOR CARPETED SURFACES. REDUCE THE U FACTORS 
ay 2*2 PERCENT. NEGLECT THE EFFECT CF DECK 
PiuiQWFQ SL [ C U *S T \ LE MAGNESITE LIN*'' 
firtD TERRaIIO. 

FOR HEAT ABSORBING ANO DOUBLE GLASS, REFER 
TO MANUFACTURERS CATALOGS FOR SUITABLE U 
FACTORS. 
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Fig. ? Overall heat transmission coefficients for various merchant ship construction designs 
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where 

Q = quantity of air, cfm 
H; — heat gain in compartment, Btu/hr 
C p = specific heat of air, 0,24 Btu/lb-deg F (at standard 
air temperature) 

d = density of air, 0,075 lb/ft 3 (at barometer of 29-92 
rn. and temperature of 70 F) 
tj = compartment temperature, deg F 
t 0 ^ weather air temperature, deg F 

= (t t — t 0 ), difference between compartment and 
weather temperatures, deg F 

Figure 7 shows example calculations for a ventilated com- 
partment based on a specified design temperature. 

For ventilated compartments that have a specified rate 
of air change, the air quantity can be determined by 

« - l m 

where 

Q = required air, cfm 

V = gross volume of ventilated compartment, ft s 
R = rate of air change specified, minutes 

It should be noted that very often a ventilated compart* 
ment has both a design temperature and a rate of change 
specified- For this instance, the compartment air quantity 
is determined using both criteria with the highest re* 
suiting air quantity provided for that compartment 
When the heating and cooling loads have been deter- 
mined for all of the compartments on the ship, then the 
compartments can be allocated to systems to meet their 
individual needs (supply, exhaust, or recirculation 
systems), 

A system analysis form, similar to Fig. 10, may be used 
to define the system and determine the equipment neces- 
sary to meet the design requirements of the compart- 
ments. Figure 10 is an example of compartment grouping 
to form a supply system. The air quantities required for 
each of the individual components of the system are to- 
taled to determine the required system air quantity. 
Knowing the total air quantity, a suitable fan can then he 
selected as well as a suitable preheater. In the example 
shown in Fig. 10, only one of the spaces required more 
than preheated air. Knowing the temperature of the air 
coming off the preheater and the space heating load, a 
suitable reheater can be selected. 

Standard equipment is used for all naval ships to sim- 
plify maintenance requirements and to facilitate repairs. 
Families of fans, heaters, cooling coils, etc, have been 
established, and the equipment for each individual system 
is selected from these families of standard equipment. 
Performance data for all Navy standard HVAC equip- 
ment may be found in reference 12, Additional informa- 
tion on the selection of naval equipment can be found in 
reference 4. 

Equipment for merchant ships should be of a quality 
suitable for marine use and meet the requirements of 
the Maritime Administration, U,S, Coast Guard, American 
Bureau of Shipping, and the specific ship specifications. 


Additional information concerning the design of ventila- 
tion systems for merchant ships may be found in refer- 
ences 2 and 26. 

2,4 Air-Conditioning ond Heating Criteria- The load 
requirements for each space to be air conditioned is the 
sum of the loads resulting from transmission, soIaj% 
lights, equipment, personnel, and replenishment air. The 
temperatures recommended for use in calculating the 
transmission and solar loads are contained in Table 1. 

The heat transmitted through a flat structure, such as 
a deck or bulkhead, is controlled by the overall coefficient 
of heat transmission, the U factor. In practice, therefore, 
it becomes necessary to analyze the overall coefficient of 
heat transmission in greater detail. This is facilitated by 
using the expression 


£7 — 1 /R 


where R is the total resistance to heat flow; it is equal to 
the sum of the various individual resistance components, 
For example, the thermal resistance of a structure con* 
sisting of two homogeneous materials (denoted by i for 
inside and o for outside or weather) having an air space 
between them can be expressed as: 


1 Xi 1 x 0 1 
R = 7 + T 1 + - + 7r + 7 


(12) 


where: 


/ — film or surface conductance, Btu/hr-ft 2 -deg F 
x ~ material thickness, in, 

k = material thermal conductivity, Btu-in./hr-ft 2 ~deg F 
a — thermal conductance of air space, Btu-in,/hr*ft 2 - 
deg F 

The thermal conductance of an air space is a function 
of the height, depth, position, character, and temperature 
of the bounding surfaces. The relationships are not linear, 
and accurate values must be determined by test. For a 
structure consisting of a single homogeneous material, 
the expression reduces to: 


R = 


1 x 

7i + * 


i 



In the case of constructions having nonuniform or irreg- 
ular sections, such as are common aboard ship, the resist- 
ance of the section, I IQ is substituted for: 



a* 


in the foregoing equations to obtain: 


1 1 
R ~fi+ c 


1 

Jo 


Values for /,/,, and Care obtained from tests of typical 
constructions. The film coefficients, / and/,, vary with 
surface temperature and direction of heat flow {up, hori- 
zontal, or down); also, /■ varies with the frame-spacing 
dimension. Conductance values, C, for a particular mate- 
rial vary according to the mean of the surface tempera- 
tures, ( 1 1 + t 0 )/2. For estimating purposes, an outside film 
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coefficient, f Qt of 7.0 is commonly used in deriving air- 
to-air U factors; the 1// component is omitted for sides 
exposed to the sun or liquids, i.e., surface-to-air U factors* 

The transmittance of a panel composed of a metal or 
other highly conductive material extending wholly or 
partly through insulation should, if possible, be deter- 
mined by test, but approximations can be made as de- 
scribed in references 5 and 30. 

The method for calculating solar loads varies between 
naval and commercial practice* When calculating the solar 
load for compartments having more than one weather 
boundary, the Navy procedure is to use only the solar 
load for that weather boundary which would result in the 
highest compartment heat gain* The solar effect from 
the other weather boundaries is neglected, but the heat 
transmission loads due to weather air are included {see 
reference 4). Solar loads on all boundaries are considered 
in commercial practice. Although, when the solar load is 
considered on multiple boundaries, the design tempera- 
tures used to calculate the solar loads are lower than if 
only one boundary load is solar [26]. 

Criteria for calculating lighting loads are described in 
Section 2*2. 

Equipment heat loads must include the heat gain, both 
sensible and latent, from all heat-producing equipment in 
the space* Equipment heat loads are usually electrical 
except where steam or hot-water equipment is used. The 
equipment heat gain should be based on heat-dissipation 
data for the actual equipment installed. However, quite 
often the equipment has not been selected when the first 
HVAC calculations are made, and estimates of the heat 
dissipation must be made. All estimated equipment heat 
gains must be confirmed after the actual equipment has 
been selected and the actual heat dissipation data are 
known. References 5 and 26 contain data that may be 
useful when estimating the equipment heat loads. An al- 
lowance must be made for the operating load factor for 
equipment and piping* The load factor should consider a 
simultaneous use of combinations of equipment and pip- 
ing and whether the equipment and piping are used inter- 
mittently or continuously* 

There will also be instances where the total heat dissipa- 
tion from equipment within a space will not affect the 
space directly, and in some instances only a portion of 
the heat dissipation will affect the space* Equipment that 
discharges air directly into a return duct terminal of an 
air-conditioning system should include a portion of the 
heat dissipation for the space and the remainder as a heat 
gain to the return air* The portion treated as direct return 
heat must be included in the system's total heat load, 
however. Equipment provided with hoods, such as galley 
equipment, should include only a portion of the heat dissi- 
pation from the equipment in the space heat load* If the 
hood is part of a ventilation exhaust system and dis- 
charges directly to the weather, it will not be included in 
the system heat load. The heating effect of equipment 
heat is usually not included in the space heating calcula- 
tions unless specifically identified to be included. For fur- 
ther detailed information concerning equipment heat 
loads, see references 4, 5, 26, and 27. 


Table 5 Personnel sensible and latent heat dissipation, 
Btu/hr 


Room 

Dry Bulb, 

T 

Mess Attendants and 
Working Spaces 

All Others 

Sensible 

Latent 

Sensible 

Latent 

75 

360 

440 

300 

300 

76 

345 

455 

290 

310 

77 

330 

470 

275 

325 

78 

315 

485 

265 

335 

79 

300 

500 

250 

350 

80 

285 

515 

240 

360 

81 

270 

530 

230 

370 

82 

255 

545 

215 

385 

83 

240 

560 

205 

395 

84 

225 

575 

190 

410 

85 

210 

590 

180 

420 


Personnel loads are the sensible and latent heat gener- 
ated by the occupants of the space. Commercial and naval 
practice differ concerning the criteria used to calculate 
personnel loads. For commercial designs, the personnel 
heat gain is calculated using the equations: 

q & — HD# X P (14) 

and 

q L - HD l X P (15) 

where 

q s = sensible heat gain, Btu/hr 
q L = latent heat gain, Btu/hr 

HD S = personnel sensible heat dissipation, Btu/hr 

HD l = personnel latent heat dissipation, Btu/hr 
P = number of room occupants 

The personnel heat dissipation varies with room temper- 
ature and level of activity. Recommended values for com- 
mercial ships are given in Table 5. For messing facilities 
on commercial ships, add 30 Btu/hr sensible and latent 
per person eating as an allowance for the heat dissipation 
from food. 

The occupancy for staterooms is based on the number of 
sleeping accommodations. For offices, lounges, messing 
facilities, workrooms, and similar spaces, the occupancy 
is taken to be two thirds of the seating capacity, rounded 
off to the nearest whole number. 

Heat gain rates per person for the various compartment 
types on naval ships are given in Fig. 11. An allowance of 
30 Btu/hr sensible heat and 30 Btu/hr latent heat per 
person in messing spaces is made as an allowance for the 
heat dissipation from food. 

Sensible and latent heat gains from personnel in air- 
conditioned compartments are not considered in compart- 
ment heating-season calculations except for berthing 
areas that have more than twelve persons, in which case 
a sensible heat gain is taken for one third of the design 
occupancy. 

The methods used for determining the replenishment 
air requirements vary between commercial and naval de- 
signs. Naval practice uses 5 to 10 cfm per person as a 
minimum. Commercial practice uses a minimum of 12 to 
15 cfm per person or a 20-minute rate of change for high- 
occupancy spaces, 60-minute rate of change for the wheel- 
house, and 30-minute rate of change for all other spaces 
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BO TO 60 90 100 110 
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Wortang Spaces 
Mesa room {AEiendfints) Butchef 
Shop. General Wortcsbops 


Fig. 11 Heat loss rates from □ human body m still air 


with a maximum quantity not to exceed 50 cfm per person. 
Naval practice is based on the total design occupancy of 
the space, while in commercial practice the total occu- 
pancy is used for staterooms, but two-thirds occupancy 
rounded to the nearest whole number is used for offices, 
lounges, messing facilities, workrooms, and similar 
spaces. Additional details concerning naval criteria may 
be found in reference 4 and commercial criteria in refer- 
ence 26. 

2.5 Air-Conditioning and Heating Loads and Calcula- 
tion*, The forms used for calculating the heating and 
cooling loads as described in Section 2.3 for ventilation 
systems are also used for calculating the heating and 
cooling loads for air-conditioning systems. Figure 12 is a 
form that is used for commercial load calculations and 
shows a typical heating and cooling load calculation for 
an air-conditioned space. Design temperatures for the 
heating and cooling load calculations are contained in Ta- 
ble 1 . When the heating and cooling loads have been calcu- 
lated for all spaces to be air conditioned, the spaces are 
grouped together to form systems. System summary 
sheets are used to identify system requirements. Figures 
13 and 14 are forms that are used in commercial practice 
for a system cooling summary and a system heating sum- 
mary. Forms used in naval practice are similar; the forms 
for each contain essentially the same data. 

System loads for commercial design are calculated dif- 
ferently than system loads for naval construction. Com- 
mercial loads often Include a temperature rise of 1.5 deg 
F for each 100 ft of duct based on the longest run for the 
supply duct. Naval designs do not include this calculation. 
Likewise, commercial loads often include a temperature 
rise of 0.5 deg F for each 100 ft of return duct when the 


return path includes passageways and stairwells that are 
directly supplied with conditioned air. When the passage- 
ways and stairwells are indirectly supplied with condi- 
tioned air, the return path load is assumed to be 5 deg F 
or 3 deg F plus 0.5 deg F for each 100 ft of duct based on 
the longest run of return duct Naval practice assumes 
that a passageway or stairwell is 0.5 deg F higher than 
compartment design temperatures unless the passage is 
directly supplied with conditioned air. 

In naval practice, the off-coil temperature plus the rise 
in temperature due to the fan heat is used as the entering 
space temperature when the fan pulls the air through the 
system. The design temperature of the space is used as 
the return air temperature. Heat loads are calculated for 
passageways and included in the system total load. If the 
temperature rise in the passageway is 5 deg F or more, a 
supply terminal is provided for the passageway. Exam- 
ples of detailed calculations for naval practice may be 
found in reference 4, and in reference 26 for commercial 
construction. 

Figure 15 illustrates the calculation of the cooling-coil 
load using a psychrometric chart following commercial 
practice. The following temperatures are identified in Fig. 

15: 

OC off-coil temperature 
S — OC plus temperature rise through supply duct 
R — room design temperature 

RA — R plus temperature rise due to return path 
load 

OA — outside temperature 
M — mixture temperature of return air and outside 
air added as replenishment air 
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Fig. 12 Heating and coaling load calculations 


SYSTEM NO, A/C Sys V. Class "D" nermmalFteheajl 


SPACE 

SPACE 

NO, 

DECK 

FRAME 

SIDE 

BTU/HR 

SHF 

OUTSIDE AIR BASED 
ON* 

CFM 

p/c 

TOTAL 

AIR 

COLD 

DUCT 

AIR 

WM, 

DUCT 

AIR 

REMARKS 

SENS. 

latent 

TOTAL 

fVC 

PERS. 

EXH, 

Radio 

405 

Bridge 

19-24 

S 

S673 

335 

9006 

.96 



150 

325 

2 




Inspector s S.R. 

311 

Off 

17-21 

P 

2639 

335 

2974 

.69 



50 

100 

6 




Asst. Oh. Eng, 5, ft 

315 


25-29 

P 

2736 

335 

3071 

.89 

25 



105 

7 




Ch. Eng. S R. 

316 

1 

29-34 

P 

3303 

335 

3638 

,90 



50 

125 

7 




Owner's S.R. 

316 

1 

2934 

P 

2287 

335 

2622 

,67 

26 



100 

5 




Master's Off. 

301 

1 

| 

29-34 

S 

3127 

1005 

4132 

.76 


45 


115 

7 




Master's S.R. 

303 

1 

29-34 

s 

3303 

335 

3638 

.90 



50 

125 

7 




Asst. Mast S.R, 

304 

E 

1 

25-29 

S 

2348 

335 

2683 

87 

25 



90 

6 




Off, S.R {1) 

305 

1 

1 

21-25 

s 

2420 

335 

2755 

.67 

25 



90 

5 




Off, S.ft (2) 

306 

1 

17-21 

s 

2605 

335 

2940 

.69 

25 



too 

6 




Off, Mass 

309 

1 

1 

23-26 

p 

4119 

2190 

6309 

,65 


72 


175 

4 




Crew Mass 

306 

1 

17-25 

s 

7945 

5120 

13065 

,61 


100 


300 

5 




Lounge 

306-1 

V 

14-t7 

s 

4700 

1340 

6040 

,78 


36 


175 

4 




Eng. Dept. S.R. (1) 

216 

Craw 

17-21 

p 

2767 

670 

3457 

.81 


30 


105 

7 




Eng. Dapt S.ft (2) 

217 

l 

21-25 

p 

2985 

670 

3655 

.82 


30 


110 

7 




Deck Dept S.R. (1) 

216 

l 

1 

25-29 

p 

2914 

670 

3584 

.61 


30 


110 

6 




Deck Dapt S.R. (2) 

220 

i 

2964 

p 

4306 : 

670 

4976 

.66 

33 



150 

7 




Deck Dapt S.R. (3) 

221 

i 

i 

29-34 

p 

2760 

670 

3430 

.60 


30 


105 

7 




Deck Dapt S R. (4) 

202 

t 

29-34 

s 

2760 

670 

3430 

.60 


30 


105 

7 




Dack Dapt. S.R. (5) 

204 

a 

i 

2934 

s 

4036 

670 

4706 

.66 

33 



150 

^7 - 




Stew. Dapt S.R, (1) 

206 

a 

25-29 

s 

2914 

670 

3564 

,61 


30 


110 

• 




Stew. Dapt S.R (2) 

206 

a 

■ 

21-25 

s 

2636 

670 

3306 

,60 


30 


100 

7 




Stew. Dapt S.R (3) 

201 

i 

i 

17-21 

s 

2787 

670 

3457 

.60 


30 


105 

7 




Hospital 

209 

i 

17-21 

s 

2389 

670 

3059 

.76 



100 

100 

8 




Mach. Cont Ffcn, 

214 

V 

1924 

p 

9602 

335 

10137 

.97 

33 



365 

3 
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SYSTEM NO. A/C Svs V. Class "0 P fTerminaf Reheatj 


SPACE 

SPACE 

NO 

DECK 

FRAME 

SIDE 

RM LOAD 
BTU/HR 

TEMPERATURE 

CFM 

HEATER DATA 

REMARKS 

ENT, 

RISE 

AMB. 




HO 

TYPE 

SIZE * 

RANGE 

Radio Rm. 

405 

Bridge 

1924 

S 

6465 

56 

10 6 

70 


325 


405 


2.00 



Inspector's S.R. 

311 

Off 

17-21 

p 

3650 

56 

33S 

70 


100 


311 


1,00 



Asst. Ch. Eng S R. 

315 

25-29 

P 

2905 

56 

25.6 

70 


105 


315 


1,00 



Ch. Eng. S.R. 

316 

1 

1 

2934 

P 

3625 

56 

28.3 

70 


125 


318 


1.25 



Owner's S.R, 

316 

1 

2934 

P 

2606 

56 

26. 

70 


100 


318 


1.00 



Master's Off. 

301 

1 

1 

1 

2934 

S 

2672 

56 

21.5 

70 


115 


301 


75 



Master's S.R. 

303 

2934 

5 

3825 

56 

26.3 

70 


125 


303 


1.25 



Asst Meet S.R 

304 

1 

1 

1 

1 

25-29 

S 

2670 

56 

27,5 

70 


90 


304 


1.00 



Off. S.R (1) 

305 

21-25 

S 

2706 

56 

27.8 

70 


90 


305 


1.00 



Off. S.R. (2) 

306 

17-21 

s 

3456 

56 

32. 

70 


too 


306 


1.00 



Off. Maaa 

309 

1 

1 

2928 

p 

3126 

56 

16.5 

70 


175 


309 


1.00 



Crew Mess 

308 

1 

17-25 

s 

4911 

56 

15. 

70 


300 


306 


1.50 



Lounge 

3081 

V 

14-17 

s 

4687 

56 

24.6 

70 


175 


306-1 


1.50 



Eng. Dept. S.R. [\] 

216 

Craw 

1 

I 

1 

1 

1 

1 

I 

1 

i 

1 

\ 

i 

17-21 

p 

4374 

56 

30.6 

70 


105 


216 


1.25 



Eng. Dept. S,R. (2) 

217 

21-25 

p 

3860 

56 

32.5 

70 


110 


217 


1,25 



Deck Dept S.R. (1) 

216 

2929 

p 

4019 

56 

33.6 

70 


110 


218 


125 



Deck Dept. S.R. {2) 

220 

2934 

p 

6005 

56 

37 

70 


150 


220 


1.75 



Deck Dept. S.R. {3) 

221 

2934 

p 

4001 

56 

35.3 

70 


105 


221 


1.25 



Deck Dept. S.R. (4) 

201 

2934 

s 

4001 

56 

35.3 

70 


105 


201 


1.25 



Deck Dept. S.R (5) 

202 

2934 

s 

6006 

56 

37 

70 


150 


20(2 


1.75 



Stew. Dept S.R (1) 

204 

2929 

s 

4019 

56 

33.6 

70 


110 


204 


1,25 



Stew. Dept. S.R. (2) 

205 

21-25 

s 

3709 

56 

34.3 

70 


10 0 


205 


1 25 



Slew. Dept. S.R. {3) 

206 

17-21 

s 

4375 

56 

36 6 

70 


105 


206 


1 .25 



Hospital 

209 

i 

17-21 

s 

3956 

56 

36.6 

70 


100 


209 


1 25 



Mach. Cont Rm. 

214 

V 

18-24 

p 

7084 

56 

20. 

75 


365 


214 


250 
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GLASS 


SYSTEM 

NO 


m 


CCTL 

NO 


SPACE 

NAME AND LOCATION 


CHART ROOM 04-150-150 C 


SENSIBLE 

HEAT 

H. 


7572 


PILOT HOUSE 04-130-150 C 


FAN HT (A 1-1/2) 


CFM = SOfttWO 0« * 20^=1545 


FAN HT *1 = 3688511.06* ift*5) * 2 1 


, fiPNSM AJR=0 SO * 90 + 1 465 * 00} t 


1645 = 


TOTAL I COIL 
HEAT SLOPE 
H t 


45107 

5S3O0 


REPLEN 
AIR PER 
ROOM 
(CFM) 


20 


REPLEN 
AIR PER 
COIL (ON 
BASIS OF 
LOAD) 


selection 


SIZE OPM TONS 


% OF 
COtt. 
LOAD 
PER 
SPACE 


1ft 


SPACE 

CFM 


m iggg 


1645 


PLANT 

NO. 


TONS - 1645 x 60 x 8,6/12000 * 13 44 


GPM = 3 6 x 5.6ft ^ 21 2 


COOLING COIL RECAPITULATION 


HIP DIG 51 | CALCULATED SY _CEC_ 


"[DIAGRAM NO, 5121-PQoT 


| SHEET 134 OF 


Fig, 16 Cooling-coil load reca pi In lotion 


0 — M plus temperature rise due to fan heat; this is 
the entering coil temperature 

An example of calculations illustrating naval practice 
is shown in Figs, 16 and 17, 

The temperatures identified in Fig, 17 are the following; 

1. — off-coil temperature 

2. — No. 1 plus the temperature rise due to fan heat 

3. = room design temperature 

4. = outside air temperature 

5. = temperature of mixture of return air and replen- 

ishment (outside) air; this is the entering coil 
temperature. 

The psychrometric chart is a very useful tool for quickly 
and easily determining a system load. It provides a ready 
means of checking and developing system calculations. 
There is a degree of inaccuracy involved in a calculation 
by this method; however, it is generally considered unim- 
portant because of the inherent difficulties in balancing 
airflows and water flows in the actual system itself. In 
addition, the loads on the ship are subject to a wide range 
of variances. Hand calculations on the psychrometric 
chart provide sufficient accuracy for an air-conditioning 
analysis* 

2.6 Refrigeration Criteria* The refrigeration heat load 
for naval ships is based on maintaining freeze spaces at 
0 to - 10 F and chill spaces at 33 F. Boundary surface 


temperatures are assumed to be 140 F for surfaces ex- 
posed to the sun, 120 F for adjacent machinery spaces, 
100 F for other nonrefrigerated spaces, 90 F for surfaces 
exposed to seawater, and 80 F for air-conditioned spaces 
unless other design temperatures are cited in the specific 
ship specifications. 

For merchant construction the Maritime Administra- 
tion design criteria for refrigerated spaces are a design 
temperature of 0 F for freeze spaces, 35 F for chill spaces, 
and 40 F for thaw spaces. Boundary surface temperatures 
are assumed to be 120 F for surfaces exposed to the sun 
or adjacent to machinery spaces and 100 F for all other 
surfaces except those adjacent to refrigerated spaces. 

Where the temperature of an adjacent space is lower 
than the temperature of the space being designed, such 
that there would be a heat loss to the adjacent space, the 
heat loss is neglected in the calculation. 

For flexibility, naval practice provides for some refrig- 
erated spaces to be capable of maintaining either the 0 F 
temperature or the 33 F temperature. Likewise, merchant 
practice designs also allow some of the refrigerated 
spaces to be used as either freeze or chill spaces or as chill 
or thaw spaces. 

The components of the heat load for refrigerated spaces 
include transmission, infiltration, ventilation, product, 
and equipment heat loads. 
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Fig, 17 Piychrometric char! cooling-coil load calculation* (naval) 
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Table 6 Overall heat-transfer coefficients for naval ship refrigerated spaces, Btu/hr-ft 2 - & F. 

U 


SURFACE AND TYPE 

CONSTRUCTION 

INSULATION 

4" 

5" 

6" 

Wadi, external 
stiffeners 


c r 

Fibrous 

glass 


, - 

0.045 

Wadi, internal 
stiffeners 


Fibrous 

glass 



0.100 


r " -/ 




Qve rhead, 

internal stiffeners 


Fibrous 

glass 



0.100 


f i v 

* * * * * 
. - - „ *■ 

* + / 


Deck, nonm stall ic 
internal stiffeners 


m 


Fibrous 

glass 



0.110 



Wall, external 
stiffeners 

Q Q 

Polyurethane 

foam 

0.041 

0.034 

0,029 



Wall, internal 
stiffeners 


Polyurethane 

foam 

0. QB7 

0.071 

0.060 


■A r 




Overhead, internal 
stiffeners 


Polyurethane 

foam 

0.090 

0.073 

0.061 





Deck, no internal 
reinforcement 


L L 

Polyurethane 

foam 

0.041 

0.034 

0,029 


The U values used for the calculations of the transmis- 
sion load in refrigerated spaces on naval ships are con- 
tained in Table 6. For commercial construction similar 
data are available in reference 32 or from manufacturers. 

The infiltration heat load is the heat gain through the 
entrance of air when doors are opened and through 
cracks. For many designs the temperature of the entering 
air is assumed to be 100 F with a 60% relative humidity, 
where the air is from nonrefrigerated spaces. If the air is 
from refrigerated spaces , the air temperature is assumed 
to be 50 F and 80% relative humidity. 

A ventilation heat load must be considered for cargo 
spaces storing fruits and vegetables. It consists of the 
heat gained by the introduction of outside air, which is 
required for the displacement of vitiated compartment 
air. The ventilation heat load is important only where it 
exceeds the infiltration load, and then it is used in lieu 
of the infiltration load for the operating condition being 
calculated. The outside air condition is assumed to be 100 
F and 80% relative humidity. The amount of outside air is 
based on the use of a supply fan with a capacity equal to 
the gross cubical volume of the space per hour for ship 
stores, or one-third the gross cubical volume of space per 
hour for cargo stores. The fan is assumed to operate a 
maximum of 20 minutes in any one hour. Only one refrig- 
erated space or system will be ventilated at a time, and 


spaces are ventilated only during the normal operation 
period, not during pulldown operations. 

The product heat load consists of the heat gain due to 
the internal heat of the product and the containers. In 
addition, for chilled storage, the product heat load also 
includes respiration heat from fruits and vegetables. 

Equipment heat loads include the heat introduced by 
fan motors for both ventilation and recirculation fans. 
Recirculation fans usually operate at full speed only dur- 
ing pulldown operations; the low speed, usually 50% of 
the maximum, is used during normal operation and re- 
duces the heat load. 

Refrigeration loads are determined for two conditions, 
pulldown and normal operating. The pulldown condition 
is considered to be the period during which the tempera- 
ture of the product within the space is being reduced to 
the design holding temperature. The normal condition is 
the period during which design holding temperatures are 
maintained. 

Condensing unit loads are selected based on the fol- 
lowing: 

• For the pulldown condition, continuous operation of 
all condensing units on a system. 
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* For normal operation, the condensing unit operation 
is not to exceed 18 hours per day with the standby 
compressor secured. 

Cooling coils are selected on the basis of the compressor 
selection for pulldown operations, or the design coil refrig- 
erant temperature for normal operations, whichever con- 
dition establishes the maximum coil surface require- 
ments. 

For naval designs the equipment for cargo plants is 
based on a calculated pulldown condition for freeze spaces 
of five days and a three-day pulldown for chilled spaces. 
Merchant designs require that each compressor have 
ample capacity to pull down the refrigerated compart- 
ments to design temperatures within 72 hours after load- 
ing. For additional data on refrigeration criteria, see refer- 
ences 10 and 83 for naval designs and reference 2 for 
merchant designs. Data on cargo respiration rates may 
be found in references 5 and 34. 

2.7 Refrigeration Loads and Calculations. The re- 
frigeration system capacity must be adequate for both the 
pulldown condition and the normal operating condition. 
Calculations must be made for both conditions in order to 
properly size the refrigeration components. In addition, 
when spaces are intended to be used for either freeze or 
chill, or for chill or thaw, calculations for both services 
must be performed to determine the operation that has 
the largest refrigeration load. Refrigeration cooling loads 
are the sum of the transmission, infiltration, ventilation, 
product, and equipment loads. Sample calculations for one 
space, used for both 0 F storage and for 33 F storage, are 
shown in Figs. 18 and 19, 

Since spaces are usually intended to store a variety of 
products, exact calculations are usually not required, and 
an average product value may be used in the various toad 
calculations. Average product load conditions that are 
used for naval calculations are contained in Table 7. De- 
tailed product data may be found in references 5, 11, and 
34, 

The refrigeration cooling transmission load, L t , is calcu- 
lated using the equation 

L t = UAUUi ~ k) (16) 

where 

A ^ surface area, ft 1 

U ~ overall transmission coefficient, Btu/hr-ft~-deg F 

k = boundary outer surface temperature, deg F 

k = boundary inner surface temperature, deg F 

The transmission load is determined for each of the bound- 
aries of a compartment. The total transmission load is the 
sum of all the individual boundary loads. 

The infiltration heat load, L i} for each refrigerated 
space is calculated using 

4 = VCH a (17) 

where 

V = cubical content of storage space, ft 3 

C — number of air changes per 24 hr 

H a — heat gain of infiltrated air, Btu/ft 3 


The quantity of air infiltrating into the space is assumed 
to be a function of the size of the space and is the average 
of the air changes per 24 hours. Values for air changes 
for spaces of different size are shown in Fig, 20. The heat 
gain per cubic foot of air entering is shown in Fig. 21 for 
various air temperatures. The size of the space is the 
volume between the finished deck underfoot, the inside 
surface of the insulation overhead, and the inside of the 
insulation surfaces bulkhead to bulkhead. 

The ventilation heat load, is calculated using 

L v = 8VH a (18) 

where 

V — volume of storage space, ft 3 
H a = heat gain of ventilation air, Btu/ft 3 

The ventilation heat load is used where it exceeds the 
infiltration load and is used in lieu of the infiltration load 
for the operating condition being calculated. It is not in- 
cluded in the pulldown load. The heat gain from outside 
air is obtained from Fig. 21 for entering air at 100 F 
and 80% relative humidity. The quantity of outside air is 
obtained by taking one third of the gross volume of the 
space. The supply fan capacity is based on the cubic vol- 
ume of the space and the fan is operated a maximum of 
20 minutes per hour. 

The total product weight, PW, is determined by 

PW - AhrW p (19) 

where 

A — deck area, ft 2 
h — height of stored product, ft 
r — ratio of usable volume to total volume 
W p = product density, lb/ ft 3 

The total container weight, CW, is determined by 

CW - AhrW c (20) 

where W c is the container weight in lb/ft 3 . 

The product interna) heat load, L P consists of the heat 
gain due to the internal heat of the product and of the 
product container and is calculated using 

L p = (PW C p + CWC c ) (k - y (21) 

where 

PW — total weight of product, lb 
C p = specific heat of product, Btu/lb 
CW = total container weight, lb 
C c = specific heat of container, Btu/lb 
k *as initial temperature, deg F 
= final temperature, deg F 

Commonly assumed average product load conditions 
and lengths of time allowed for temperature reduction 
are given in Table 7. 

For chilled storage, the heat loads for respiration heat 
from fruits and vegetables, for both pulldown and for 
normal operations, are also included and are calculated by 
using the equations: 
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Table 7 Average product load conditions 

Storage Space 
Chill Freese 


Final temperature, C F 
Entering temp, max., °F 
Time permitted for reducting temp,, days: 
ship's refrigerated stores 
refrigerated cargo spaces 
Average product wt., fb/ft 3 
Average product specific heat, Btu/lb 
Average container wt., lb/ ft 3 
Average container specific heat, Btu/lb 
Respiration rate, Btu/24 hr: 
entering condition 
final condition 


33 0 

55 15 

2 2 

3 5 

29/7 35.9 

0,85 0.40 

3*2 3.64 

0*65 0.65 

3*20 — 

LOS — 


{. H 1 ■+■ R z ) 

Precooling respiration = PW (22) 

£ 

Storage respiration = PW R z (23) 

where* 

PW — total weight of product, lb 
R l = respiration rate at entering temperature, Btu/ 
lb per 24 hr 

R 2 = respiration rate at final temperature, Btu/lb per 
24 hr 


Table S 

Heat gain from electric motors 

Motor Rating, hp 

Equipment Load, Btu/hr-hp 

1/20 to 1/S 

5500 

1/8 to 1/2 

4250 

1/2 to 3 

3700 

3 to 20 

2900 


The specific heat and respiration rates used for naval 
calculations are listed in Table 7. 

The available volume of a refrigerated space for maxi- 
mum product storage is the volume remaining after allow- 
ances for package spacing, air circulation, deck gratings, 
battens, cooling coils, and other obstructions. The avail- 
able volume for product storage, based on typical installa- 
tions used in naval ships, is shown in Fig. 22* 

The equipment load is usually a load due to fan electric 
motors* The heat gain based on the horsepower rating of 
an electrif motor is given in Table 8* 

An example of a typical refrigeration load summary is 
shown on Fig* 23* The total cooling load should be propor- 
tioned between multiple condensing units to allow flexibil- 
ity of operation under pulldown and normal operating 
conditions and to permit the use of identical equipment in 
each system on the ship. Units should be selected where 



Refrigerator Volume (V) - Cubic Feet 


Fig* 20 Refrigerator average air changes per 24 hr due to infiltration and door openings 
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refrigerator temperature [y ■ *f. 

Fig, 21 Beat gain caused by air entering refrigerator 


feasible, to equalize loadings on multiple condensing units 
during both pulldown and normal operation. 

The cooling load calculations indicate that for normal 
operation the maximum load is “Alternate A.” This condi- 
tion requires 8.01 tons of refrigeration with one unit se- 
cured and is the basis on which selection of the condensing 
units would be made. Two units of 8.01 tons each would 
be selected. For the pulldown operation, “Alternate B“ is 
the maximum load, requiring 18.73 tons of refrigeration 
with all units operating. However, during pulldown of the 
chilled boxes with the circuits as indicated on the sum- 
mary sheet, the additional refrigeration capacity may be 
obtained with higher suction temperatures (see Table 9). 


Table 9 Rating for Model ‘'X'' condensing unit at a 105 F 
condens ing temperature 

Saturated Suction Tons of 

Temperature, °F Refrigeration 


— 26 

6.9 

— 25 

7,1 

-22 

7.6 

-21 

8,1 

“20 

8,3 

-18 

9,1 

“16 

9.7 

-14 

10.5 

-10 

12,1 

0 

16,3 


The cooling-coil surface area, A, for each refrigerated 
space is based on the space cooling load and the tempera- 
ture differential between the space and the refrigerant at 
the cooling coils and can be determined by the equation 


A = 


Apd 

U(t 2 - t r ) 


(24) 


where 

L vd — compartment pulldown cooling load, Btu/hr 
U = overall transmission coefficient, Btu/hr-ft 2 -deg 
F 

( 2 = space temperature, deg F 
t T = temperature of refrigerant entering cooling coil, 
deg F 

The transmission coefficient, U, for naval cooling coils is 
obtained from Fig. 24. Based on equation (24), the cooling- 
coil surface required is shown in Fig. 25. 

Additional details concerning naval design calculations 
can be found in reference 33. Data for commercial sys- 
tems can be found in reference 11. 



Fig. 22 Percentage of refrigerated space available for product storage 


Transmission CoefficiGfn, Biu/hr-ft 1 - 
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SPACE 

STORAGE 

SPACE 

DESIGN 

PULL -DOW 
OPERATON 

ti 

NORMAL OPERATION 

COMPRESSOR NO, 

CONDENSOR 

UNIT SUCTION 
TEMP, *F 


TENP* 

Btiylhr. 

TONS 

Rtu/br, 

TONS 

PULL 

DOWN 

NORMAL 

FULL 

DOWN 

normal 

Alternate "A* 










Freeze No. 1 

0 

as, 941 

7* 16 

48 j 492 

4*04 

1 

1 

-24 


Ward voom freeze 

O 

9 r S44 

0.80 

5, 132 

0*43 

2 

1 

-26 

-21 

Chill No, 1 

0 

26, €49 

2*22 

13,666 

1.14 

2 

1 

-26 

-21 

Chill No* 2 

0 

47,110 

3*93 

28,834 

2*40 

2 

1 

-26 

-21 






A 


2* 



total 


169,244 

14*11 

96,124 

% 

8*01 















Alternate 










Freeze No* 1 

0 

85,941 

7*16 

48,492 

4*04 

1 

1 

-21 

-21 

Ward roo* freeze 

0 

9,544 

0*80 

5, 132 

0*43 

1 

1 

-21 

-2 1. ■ 

Chill No* 1 

33 

44,522 

3.72 

15, 793 

1*32 

2 

1 

-13 

-21 

Chiu NO* 2 

33 

84,543 

7,05 

25,720 

1 

2. 14 

2 

X 

-13 

-21 






* 


2* 



TOTAL 


224,550 

18*73 

95,137 

7*93 






Fig, 23 Refrigeration load summary 


* Standby 



Fig. 24 I rammi s s ion coefficient for firmed iu> 
face cooling coils (copper fin and 
tube, gravity type) 


Temperature Differential, fl F 


SPACE 

PULL-DOWN OPERATOR 

NORMAL OPERATION 

Alternate "A" 



Freeze No* l 

3,248 ft* 

2,319 ft* 

Ward Roan Freeze 

344 ft* 

245 ft* 

chill Nt», 1 

961 ft* 

654 ft* 

chill NO. 2 

1,700 ft* 

1,380 ft* 

Alternate "B* 



Freeze Ho. l 

3,850 ft’ 

3,173 ft 3 

Ward Room Freeze 

428 ft* 

220 ft 1 

Chill No, 1 

767 ft* 

632 ft* 

chill HO*. 2 

1,494 ft* 

1,029 ft* 

SELECTED COIL SIZE 

SPACE 

CONDITION 

COIL AREA 

Freeze No* 1 

Pulldown, Alternate *B** 

3,850 ft* 

Ward Room Freeze 

Pulldown, Alternate "a" 

428 ft* 

Chill No. i 

pulldown, Alternate H A N 

961 ft* 

Chill No* 2 

Pulldown, Alternate "A" 

1,700 ft* 
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Section 3 

Distributive Systems 


3, T Air-Distribution Systems, The evolution of air-con- 
ditioning systems has been driven by demands for in- 
creased comfort and safety. The demand for increased 
comfort has resulted in lower design temperatures during 
the cooling season, humidity control, increased amounts 
of fresh air, lower sound levels, less draftiness, and an 
individual control of space temperature. The demand for 
increased safety has resulted in greater protection 
against fire and smoke with improvements in detection, 
alarms, and confinement. Accomplishing the above led to 
the increased use of automation* Automation, in turn, has 
improved with the use of computer-aided monitoring and 
control. 

Comfort air-conditioning systems on merchant ships are 
classified as those serving passenger cabins, crew and 
officer spaces, and public spaces* Public spaces, which 
include messrooms, dining rooms, lounges, and similar 
spaces, are usually treated as a single zone* Usually a fan- 
coil central-station system is used and, in exceptionally 
large spaces, two systems may be required. These sys- 
tems are known as Type A systems* In some installations 
100% replenishment air is used to avoid the use of return 
air ducts* This, however, results in an increased load on 
the refrigeration plants* The outside air and the return 
air, if used, are filtered before being preheated, cooled, 
and reheated as required at the central-station unit* A 
room thermostat maintains the design temperature. Dur- 
ing mild weather, dampers may be arranged to automati- 
cally use all outside air. 

Crew and officer quarters are frequently served by 
multizone central systems. In these systems, known as 
Type C systems, spaces are grouped into zones with simi- 
lar exposures and loads. Each zone has a reheat coil that 
is controlled by a thermostat to temper the air for all of 
the spaces served. A manually controlled damper is the 
only means for controlling the amount of air and thus the 
temperature in each space. 

Terminal reheat systems, or Type D systems, are usu- 
ally used for passenger staterooms and may also be used 
for crew and officer quarters* This is the predominant 
type of system used in naval construction. In this system 
conditioned air is cooled and supplied to each space based 
on the design cooling load. The room temperature is con- 
trolled by a thermostat that controls a reheat coil. A mini- 
mum amount of outside air is supplied and mixed with the 
recirculated air and is then filtered, cooled by the chilled- 
water cooling coil, dehumidified, and distributed by a sup- 
ply fan through ductwork to the spaces included in the 
system* During the heating season, the conditioned air is 
heated by a reheat coil, which provides the additional heat 
needed to maintain the design room temperature. 

Another type of system used for passenger staterooms 
and other small spaces is the air- water induction system, 


designated as a Type E system. In this system a central 
station heats or cools the outside air only. The outside air, 
or primary air, is distributed to induction units located in 
the space to be heated or cooled. Nozzles in the induction 
unit, through which the primary air flows, induces a fixed 
amount of room or secondary air to flow through a water 
coil and mix with the primary air* The mixture of treated 
air is then discharged into the space through supply grills. 
The water coil is used to either heat or cool the air by 
using either hot or chilled water* The flow of water can 
be controlled either manually or automatically to maintain 
the desired temperature m the space. In this system, no 
return ductwork is required since only the outside air is 
conditioned by the central-station equipment. The outside 
air, during the cooling season, must be sufficiently cooled 
to remove enough moisture to satisfy the latent load of 
both the outside air and the recirculated space air. Since 
the primary air is distributed at a high velocity and pres- 
sure, the distribution ductwork is small* However, this 
space saving is offset by the additional space needed for 
the water piping, secondary water pumps, the induction 
units in each space, and the drain piping* 

Another system, known as a Type G system, has been 
increasingly used in marine applications* This system is a 
high-velocity dual-duct system* In this system all air is 
filtered, cooled, heated, and dehumidified in the central 
unit* Blow-through arrangements are usually used in this 
system* A high-pressure fan circulates high-velocity air 
through two ducts; one duct carries chilled air, and a 
second duct carries heated air* The heated and chilled air 
flows to an air-mixing unit in each space served* Each 
space has a control valve that controls the amount of 
chilled or heated air needed to satisfy the demand indi- 
cated by the room thermostat. Any desired temperature 
within the capacity of the installed equipment can be pro- 
vided regardless of the load requirements of adjacent 
spaces. The advantages of this system are that all air- 
conditioning equipment is centrally located and only air is 
distributed to the spaces, there is no piping or electric 
wiring in the conditioned spaces, the system can heat and 
cool adjacent spaces simultaneously, direct-expansion re- 
frigerants can be used, and water-chilling equipment is 
not needed. 

The ductwork associated with the various air-distribu- 
tion systems requires early coordination with other sys- 
tems, such as piping and electrical systems, and other 
requirements such as damage control onboard the ship. 
The air-conditioning system requires a considerable 
amount of space, and early planning and coordination are 
essential to establish the space needed for ventilation 
trunks, ductwork, and fan rooms; to take into consider- 
ation requirements for fire and safety regulations; and 
to optimize the number of systems in order to minimize 
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installation costs, maintenance costs, and the total amount 
of occupied space. The design of the ductwork must take 
into account the space available, noise considerations, 
damage and fire control, and such features as airtightness 
and watertightness [5,35,36]. Balancing of ventilation sys- 
tems is usually accomplished by fixed orifices, in lieu of 
balancing dampers, to prevent adjustments by unautho- 
rized personnel. For additional information on air-distribu- 
tion systems and components, see references 1, 2, 12, 23, 
and 37. 

Air-distribution systems for machinery spaces for mer- 
chant and naval ships usually consist of independent sup- 
ply and exhaust ventilation systems [2,27], Two-speed 
fans are used with the low speed intended for use during 
the heating season. Where two supply and two exhaust 
fans are necessary, one set should take air and exhaust 
air to starboard and the other set should take air and 
exhaust air to port. This would insure a supply of smoke- 
free air to machinery spaces in case of fire. When a single- 
speed supply fan is used, a single-speed exhaust fan is 
used, or a two-speed exhaust fan is wired for single-speed 
operation only. The system is designed to maintain a slight 
negative pressure in the space. Supply air is provided to 
cool watch stations, working areas, log desks, and work- 
benches. The supply terminals are directed to supply air 
to the watch stander from a distance of 3 to 5 ft. Exhaust 
terminals are located in the overhead of the space and over 
the main heat sources. The exhaust-terminal openings are 
positioned in a horizontal plane. Care should be taken to 
avoid drawing heated air across working areas or watch 
standers locations. 

High-velocity induction ventilation systems, which uti- 
lise a series of jets to direct the flow of air and obtain 
the desired air distribution, have been employed in some 
ships, primarily those with diesel power. The system is 
used in engine rooms, cargo holds, etc. and has the desir- 
able feature of small distribution ductwork. 

a. Fans. The movement of air into, out of, and within 
a ship is generally accomplished through the use of fans. 
Fans used on ships are divided into two classes, namely, 
centrifugal and axial. Axial fans can further be classified 
into vaneaxial, tubeaxial, and propeller. 

Whereas naval ships predominantly use vaneaxial fans 
due to space considerations, the predominant choice on 
merchant ships is the centrifugal fan. Centrifugal fans 
used on naval ships are installed in explosive or flammable 
gas systems where the motor must be located outside of 
the airstream and in fan-coil assemblies. 

Centrifugal fans produce pressure primarily from the 
centrifugal force created by rotating the air enclosed be- 
tween the blades, with some additional pressure from the 
velocity leaving the impeller. The entering airflow is axial 
and the discharge airflow is radial Most marine centrifu- 
gal fans, such as shown by Fig. 26, are of the backward- 
curved blade type; in smaller sizes (less than 1000 cfm) 
fans with forward-curved blades are often used. The prin- 
cipal advantage of a backward-curved fan is that both 
maximum brake horsepower and fan-set efficiency at any 
speed occurs very close to the same capacity point; thus, 
the motor is selected for a horsepower corresponding to 



Fig. 26 Centrifuge* fan (Type CQ 


the highest efficiency point Equally important is the fact 
that if the actual system pressure loss is more or less than 
estimated, the motor selected for a specific fan speed 
will not overload. Forward-curved fans have a rising bhp 
characteristic as the capacity approaches free delivery; 
thus, a motor selected for maximum fan-set efficiency can 
be overloaded if the actual system operating pressure is 
less than estimated. It is common practice to oversize 
motors driving forward-curved fans to accommodate op- 
eration at free delivery. 

Belt drives offer advantages where the fan speed is less 
than 1750 rpm, allowing the use of less-expensive and 
smaller high-speed motors. The adjustability of belt drives 
facilitates system balancing, which is significant for air- 
conditioning systems, since very limited overdelivery can 
be tolerated. Quieter, more efficient operation can be ob- 
tained by reducing the fan speed vice adding resistance 
to the system. Because of the foregoing, belt drives are 
often specified for fans of air-conditioning systems. Cen- 
trifugal fans are usually of the single-inlet, single-width 
type. 

Vaneaxial fans, Fig. 27, are generally used in naval 
ships because of their compactness. The fan consists of a 
cylindrical casing enclosing a motor which is face mounted 
via a flange welded to the air guide vanes. The vanes 
transform the kinetic energy produced by the impeller, in 
the form of whirl, into pressure energy. The vanes in- 
crease the fan efficiency by straightening the rotary mo- 
tion of the airstream and producing axial flow. The vanes 
are the basis for the name “vaneaxial/' Since the motors 
must be watertight and construction tolerances re- 
stricted, axial fans are relatively expensive and have the 
disadvantage of motor inaccessibility. The static-pres- 
sure-volume curve of axial-flow fans generally has a dip 
at the left of the peak; this requires that such fans be 
operated at a point on the curve below and to the right 
of the peak. Motors are selected with substantial power 
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P , = Wr/NJpPt (26) 

• The horsepower required varies with the speed 
cubed, le. 
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Fig. 27 Vaneaxial fan 


Fig. 26 Tubeaxial fan 

margins due to the rising bhp requirements and the reduc- 
tion in cooling air for the motor as zero delivery is ap- 
proached. 

Tubeaxial fans, Fig. 28, are similar to vaneaxial fans. 
They differ in that there are no vanes, the ratio of the 
blade-hub to blade-tip diameter is larger, and the airflow 
is drawn over the motor and discharged from the wheel 
end. A tubeaxial fan is generally used in spaces that are 
not normally ventilated and are rarely used where ducting 
is required, due to the low pressure available. 

Propeller fans are usually used for free air delivery 
since they develop very little pressure. They are not used 
in naval construction. 

The three most essential relationships concerning fan 
performance are as follows: 

* The delivery varies directly with speed, le. 

Qi - (M/j Vg>Q* (25) 

* The static pressure generated varies with the speed 
squared, le. 


HP l = {NJN^HP 2 (21) 

Q f P, HP \ and N denote fan delivery, pressure, horse- 
power, and speed respectively; and subscripts 1 and 2 
denote two different operating conditions. 

Fan efficiency is generally expressed as either mechani- 
cal efficiency, ME, or static efficiency, SE f as follows: 


ME = 

CFM TP 

6356 BHP 


(28) 

SE = 

ME SP 

CFM SP 

(29) 

TP 

6356 BHP 


where 

CFM ^ air volume flow rate at inlet, cfm 

BHP — power output of drive, hp 
SP = fan static pressure, in. of water 
TP = fan total pressure, in. of water 

Flexible connections are installed between fans and 
ducts to reduce noise, isolate fan vibration from the ducts, 
and accommodate slight misalignments. Such connections 
also prevent fan casing distortions, which can occur when 
the casings are directly connected to heavy coamings, 
ducts, or trunks. This is particularly important for axial 
fans because of their small wheel-tip clearances. 

When a vaneaxial fan takes suction from a plenum, 
compartment, or trunk that is much larger than the fan 
inlet, a bellmouth is used. Bellmouth intakes reduce the 
system pressure loss, turbulence, and noise and equalize 
the airflow over the inlet face of the fan, thus improving 
performance. 

Fan supports may be rigid or resilient. Where rigid, the 
fan base is bolted directly to angle foundations, which 
are welded to the heaviest structure available, with the 
exception of bulkheads adjacent to living spaces or other 
spaces requiring low noise levels. Fans within living areas 
of merchant vessels are customarily supported on resil- 
ient mounts. The fan and motor of a belt-driven centrifu- 
gal fan are mounted on a common base to preserve align- 
ment. The base is supported on resilient mounts, which in 
turn are bolted to angles welded to the ship's structure. 
Flexible duct connections are always fitted to fans on 
resilient mounts. 

Naval designs include families of vaneaxial and centri- 
fugal fans that are designed to meet high-shock and vibra- 
tion requirements. Sizes, performance characteristics, 
and dimensions are standardized to enhance replacement 
and interchangeability. Physical data and fan perform- 
ance characteristics for Navy-standard fans can be found 
in reference 12. Specifications for fans used in merchant 
construction may be found in reference 2. 

b. Flow and fan pressures. The basic relationship 
between airflow and the pressure (head) required to cause 
the flow (with standard air density of 0.075 lb/ ft 3 ) can be 
expressed as 
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k v = (V/4Q05f ( 30 ) 

where 

K = air velocity pressure head, in. of water 
V = velocity of air, fpm 

There are three interdependent pressures common to 
air-handling systems: static, velocity, and total. Static 
pressure is the hydrostatic (bursting) pressure required 
to overcome losses due to duct friction, air friction, and 
velocity changes, i.e., the energy for producing and main- 
taining flow against resistance. Velocity pressure is the 
dynamic pressure corresponding to the flow of air and 
can be computed by equation (30). The total pressure at 
any point in a system is the sum of the static and velocity 
pressures as illustrated in Fig. 29(a). Note that while the 
same air quantity flows through the sections of the duct 
system in Fig. 29(a), both the static and velocity pressures 
change radically; however, the total pressure remains un- 
changed flosses have been disregarded since they are ir- 
relevant to this discussion). Therefore, to properly define 
a system, both its total pressure and capacity must be 
specified. 

The static pressure, S, may be positive or negative, 
depending on the relationship of the measured point to 
the fan. The velocity pressure, V, is always positive. The 
total pressure, T, may be positive or negative, depending 
on the respective values of the other two pressures. Fig- 
ure 29(h) shows these pressures (in inches of water) as 
applied to a fan. The subscripts i, o, and / denote the 
pressures at the fan inlet, fan outlet, and that of the fan, 
respectively. By definition, S f = T f - V m and this is the 
static pressure given in fan catalogs. A complete review 
of reference 38 may facilitate a full understanding of the 
pressure terminology applicable to the various types of 
fans (centrifugal, axial-flow, and propeller). 

c. System flow and pressure characteristics. The 
relationship between the system pressures at any two 
rates of airflow can be expressed as 

P\!Pi iQi^Q^ (31) 

where 

P\ — pressure required for airflow Q 1 

P 2 = pressure required for airflow Q 2 


A system pressure characteristic curve. Fig. 30, thus 
can be constructed once the pressure for one capacity is 
known, using an arbitrarily selected series of capacities. 

As indicated, the fan pressure-volume curve crosses the 
air system curve at one point only. Accordingly, an air- 
handling system must be designed to accommodate a spe- 
cific fan, or a fan must be selected to suit a system’s 
characteristics. 

Excess system delivery can be corrected by adding re- 
sistance to flow (dampers, orifices, or equivalent) or by 
reducing tlte fan speed. With belt-driven fans, the latter 
method is simple, quiet, and most efficient. Deficient sys- 
tem delivery can be corrected only by modifying the duct 
system to reduce the pressure required or by increasing 
the speed of the fan with due consideration being given 
to the possibility of overloading the fan’s prime mover. 

d. Duct design methods. The design of an air-han- 
dling system is an engineering balance between space 
limitations, noise considerations, initial cost, and op- 
erating cost. The capacity of ship’s service electrical 
plants has steadily increased over the years, thus af- 
fording more power for fans. This permits the use of 
higher pressures, which in turn permits higher duct veloci- 
ties (smaller ducts). 

A maximum duct velocity of 3500 fpm is permissible in 
systems serving machinery spaces on merchant vessels, 
and most spaces on naval construction. Regarding cargo 
spaces, limitations to power consumption, fan heat limita- 
tions, and space limitations determine the allowable veloc- 
ities. On merchant ships, unless special acoustic treatment 
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is provided, the maximum duct velocity usually is 2000 
fpm in systems serving living spaces and similar quiet 
areas. However, velocities as high as 2500 fpm are permit- 
ted, locally, to reduce the size of penetrations where struc- 
tural strength is critical. Velocities of 4000 fpm are com- 
monly used in systems having pressure-tight (leak-tested) 
prefabricated ducts and fittings. Such systems usually 
operate at high static pressures (6 to 10 in. of water). 
In these cases, special sound attenuation provisions are 
required; i.e., lined ducts, sound traps, and integral treat- 
ment of terminal and air-mixing units. 

In merchant practice, air-handling systems are de- 
signed conservatively to avoid excessive noise generation. 
Specific methods for controlling noise are contained in 
references 23, 39, and 40. 

Several methods are used to determine duct sizes [23]. 
The method most commonly used for merchant ships is a 
combination of the velocity and equal-friction methods. 
Based on experience, a unit friction loss is selected, e.g., 
0.5 in. of water/ 100 ft of duct. Then from data such as 
Fig, 31 the diameter of each duct in the system is deter- 
mined based on this unit friction loss and the required 
capacity; however, the velocity is not allowed to exceed 
the maximum specified value. As an example, point A in 
Fig. 31 indicates the transition point for a unit loss of 0,5 
in, / 100 ft and maximum velocity of 2000 fpm. This method 
does not consider differences in air path lengths or other 
losses contributing to the total resistance of various paral- 
lel circuits, i.e„ submains and branches. Accordingly, the 
total pressure loss between the fan and each terminal 
must be equalized by using balancing devices (dampers, 
air valves, or orifices) fitted in submains and branches. 

A second method, which is a refinement of the first, 
is used mainly in naval construction [35,36], It achieves 
optimum design (minimum weight and space) by sizing 
submains and branches to absorb all of the available total 
(fan) pressure. The total pressure available at each point 
of divided flow (takeoff) is determined, after which each 
sub main and branch is sized to completely absorb this 
pressure. Balancing devices are required, theoretically, 
only where the maximum allowable velocity controls the 
duct size. This method requires a considerable amount of 
“cut and try" analysis. 


The foregoing discussion applies primarily to conven- 
tional or low-pressure systems having velocity limitations 
because of noise and power restrictions. Systems having 
fans that produce higher static pressures are called me- 
dium pressure (3.75 to 6.75 in.) or high pressure (static 
pressure exceeding 6.75 in.) [23], Generally, medium- and 
high-pressure systems require special means of sound 
control. Reference 38 contains simplified techniques for 
sizing the ducts of medium- and high-pressure systems; 
combinations of velocity, equal-friction, and static-regain 
methods are used. 

e. Fan pressures — static versus total. Designers of 
land installations usually select a fan to meet a system's 
static pressure requirements; therefore, most catalog 
data express system component losses in terms of static 
pressure. However, ship designers usually select a fan 
for the total pressure requirements of a system, and all 
losses are expressed in terms of total pressure. 

When the velocity of air in a duct decreases, some of the 
velocity-pressure reduction is converted to static pressure 
[see equation (30) and Fig. 29(a)]; the remainder is lost. 
The increase in static pressure, called static regain, de- 
pends on the efficiency of conversion. When designing 
systems on a static-pressure basis, each increase in veloc- 
ity is assigned a loss equivalent to; the change in velocity 
pressure, plus a loss for conversion. For a gradual con- 
traction, the latter is usually about 10% of the final veloc- 
ity pressure. Additionally, each reduction of velocity is 
credited with a regain; this seldom exceeds 80% of the 
velocity-head reduction. When designing systems on a to- 
tal-pressure basis, however, all changes in velocity are 
treated as losses. Both methods should give the same 
results. However, the total-pressure concept has two ad- 
vantages; the fan outlet velocity (or velocity pressure) 
does not have to be evaluated separately, and since all 
factors are expressed as losses, critical items are more 
evident Additionally, pseudo 1 ‘regain" can misguide an 
inexperienced designer. 

f. Total-pressure losses — ducts and fittings. Fric- 
tion losses for straight round ducts, at standard air condi- 
tions, are given in Fig. 31. Velocity heads in inches of 
water, per equation (30), are also given. Figure 32 is used 
to determine rectangular ducts equivalent to the round 
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Fig. 32 Rectangular tquivolont of round 
ducts 


ducts selected from Fig. 31. The depth of ducts in living 
areas frequently must be limited to 6 in. to preserve head- 
room. Rectangular-duet aspect ratios (ratio of large to 
small dimension) over three are not recommended. Fitting 
losses are generally expressed as 

L = Kh v (32) 

where 

L = fitting total pressure loss, in. of water 
K = loss coefficient 

k v — air velocity pressure head, in, of water 

In marine circles the loss coefficient, K y is expressed as a 
fraction or multiple of k v . 

Elbow losses in duct runs are shown by Figs. 33 and 
34, Figure 35 shows the location of splitters in rectangular 
elbows, properly arranged to reduce losses. Elbow losses 


are considered to be proportional to the subtended angle. 
Thus, a 45-deg elbow is assigned a loss equal to half of a 
9Q-deg elbow. The loss in an elbow consists of the friction 
loss and dynamic loss due to the compression of air at 
the outside (heel) of the bend. If sufficient straight duct 
follows, a regain occurs. However, if the air leaving the 
elbow discharges to the atmosphere, no regain occurs and 
the loss is greater. A straight length of discharge duct of 
at least four diameters, or four times the duct dimension 
in the plane of the bend, is required before “in run” elbow 
losses apply. The straight length of duct required can 
be reduced by installing splitters or turning vanes. The 
maximum splitter or vane spacing then becomes the crite- 
rion rather than the duct size. Losses for elbows at the 
end of a run, Fig. 36, include one velocity head for the 
discharge to atmosphere. To find the toss for an elbow at 
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Fig. 35 Location of splitters in elbows of rectangular ducts 


Fig. 33 Rectangular in-run duct elbow Losses 
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Fig. 34 Round in-run duct elbow losses 
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VELOCITY RATIO-IV DOWNSTREAM- MAIN OR BRANCH / V UPSTREAM) 
Fig. 37 Losses in divided-flow fittings 

the end of a duct with concentric splitter vanes, deduct 
one velocity head from the loss shown, multiply the re- 
mainder by the ratio of losses in Fig. 33 for elbows in runs 
with and without splitters, and add one velocity head. To 
find the loss for an elbow of less than 90 deg at the end 
of a run, deduct one velocity head from the loss in Fig. 
36, multiply the remainder by the ratio of the elbow's 
angle and 90 deg, and add one velocity head. Losses of 
elbows in runs with small-radius turning vanes may be 
taken as 0*25 and 0.35 for double- and single-thickness 
types, respectively. For elbows at the end of runs, add 
one velocity head to these values. 

The pressure losses due to divided flow in round supply 
duets {branches and mains) are given in Fig, 37, Lacking 
better data, Fig. 37 may also be used for round or rectan- 
gular branches with rectangular mains. Losses in divided- 
flow exhaust fittings are given in Fig. 38. 


Figures 39 and 40 show the losses due to velocity or 
area changes, be., abrupt expansion, abrupt contraction, 
and gradual expansion, in a run of duct. When a connect- 
ing duct is less than four diameters downstream of an 
abrupt expansion, regain is lost and the loss approximates 
that for an open-ended duct, namely, one small-duct veloc- 
ity head. Abrupt contractions create a vena-contracta at 
the entrance to the smaller duct Unless there is straight 
duct following the contraction (for regain), the loss equals 
that of a square-edged orifice at the end of a duct [Fig. 
41(a)]. This point deserves emphasis as it is frequently 
overlooked in the mechanical execution of calculations. 

A loss of 0.05 of the small-duct velocity head is suffi- 
cient for circular concentric gradual contractions up to an 
included angle of 45 deg. The loss allowed for symmetric 
transitions from one rectangular size to another of equal 
area is 015 h v . Where transitions are asymmetric or one- 
sided, the assigned loss should correspond to that for the 
largest angle on one side. This also applies to the gradual 
expansion of rectangular ducts. 

Losses for the more common terminals and fittings are 
given in Figs. 40 and 41 and Table 10, Again, it is presup- 
posed that there is ample straight duct at entrances to 
obtain reexpansion of the vane contraction. Catalogs for 
exhaust registers and grilles usually show only the static 
pressure loss. Therefore, additional data are required to 
determine the total pressure loss and avoid misapplica- 
tion. Catalog losses for registers, diffusers, and other 
purchased supply terminals usually represent only the 
pressure imposed by applying the terminal to an open- 
ended duct. To approximate the total pressure loss, add 
one h v (based on the connecting duct size) to the loss given 
in the catalog. Terminals for merchant construction are 
usually sized on a velocity basis (see Table 11). 

Weather terminals are sized for low velocities where 
possible, because weatherproof features entail high pres- 
sure losses. The data given in Table 10 for a 0.5-in. wire 
mesh and insect screen allow for dirt, lint, and painting, 
which appreciably reduce the effective area. Pressure 
losses through equipment (registers, diffusers, flexible 
ducts, cooling coils, and heaters) are preferably obtained 
from the manufacturers' certified data. 



Fig. 38 Losses in divided-flow exhaust fittings 
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Fig. 39 Duct losses due to abrupt contrac- 
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|*| AT THE END OF A SUPPLY DUCT 



Ebl AT THE DUCT ENTRANCE FROM A PLENUM OR ATMOSPHERE 


Fig. 41 Losses for square-edged orifices 
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g. Connections to equipment. The performance of 
equipment, including pressure drop, is based on tests per- 
formed with a uniform inlet (face) velocity. Incorrectly 
designed connecting ducts can invalidate such perform- 
ance data. The equipment's resistance cannot be depended 
upon to equalize the inlet velocity. Unfortunately, axial- 
flow fan literature seldom emphasizes this point. Aboard 
ship, a plenum with a bellmouth (in lieu of an elbow) is 
frequently fitted at the fan's inlet. Where elbows are fit- 
ted, they are of the small-radius vane type, and connected 
to the fan by concentric, gradual transformers. Integral 
fixed inlet vanes and bellmouths reduce the effect of poor 
approach conditions. This is a feature of certain high- 
quality centrifugal fans [40]. 

At least one diameter of straight duct is recommended 
at fan discharges before any elbow, split, offset, or transi- 
tion. Where divided-flow volumes at a fan's outlet vary 
during operation, an expanding duct may be used at the 
fan outlet that discharges at a low velocity (1000 fpm or 


less) into a plenum (see Fig. 38). A similar plenum may be 
used for air-conditioning systems with several reheaters. 

h. Fan total-pressure calculations. Table 12 con- 
tains calculations for the fan total-pressure requirement 
of the typical duct system shown in Fig. 42. The various 
data just discussed in Subsection “f” (Total pressure 
losses. . . .) are used in Table 12. Note that sizes, which 
are based on assumed velocities, can be entered directly, 
but those based on an equal friction loss must be deter- 
mined from Fig. 32 after an equivalent round size has 
been selected from Fig. 31. No loss is assigned to the split, 
at point B, because there is no velocity change. Path A-D 
is assumed to be the longest run (incurring the highest 
loss in the system). Losses for fittings are determined by 
applying appropriate K and k v values in equation (32). 
Losses for straight ducts are determined by multiplying 
the loss/ 100 ft column by the duct length/ 100 ft. Only the 
velocity and h v associated with the applicable K factor are 
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NOTES 

4 Losses are based on the area at “A ,J or "D H . 

h Screen losses are based on the gross area velocity head, k v0 . 
The loss for 0.5-in, wire mesh (75% clear area) is 0.50 Jk p ; the 
loss for insect screen (60% clear area) is 1,1 k* ff ; and the loss for 
both Q.5-m, wire mesh and insect screen is 2-0 

c Includes one velocity head (A.„) for discharge to plenum ; deduct 
0.5 h v when the terminal is directly connected to a straight duct. 

d Typically, the total flow' area, A, is 60% of the gross area, £, 
e Typically, the total Sow area, A, is 50% of the gross area, B . 


Table 11 Terminal and equipment air velocities 


Item 

Velocity Range (fpm) 

Louvers. . , 

Mushrooms 

Goosenecks. 

Heaters (steam) 

Heaters (hot water) 

Cooling coils. 

Directional terminals 

Grilles and registers 

Supply registers (ventilation) . . , . 

Diffusers . . 

Ratproof Serefns 

(H X H in, mesh) 

Insect screen (60 percent 
clear area) 

3000 to 1500 (free area) 

800 to 1200 (throat area) 
1000 to 1500 (throat area) 
800 to 3 200 (face area) 

400 to 600 (face area) 

350 to 500 (face area) 

2000 to 3000 (throat area) 
800 to 1000 (free area) 

750 to 1000 (free area) 

500 to 900 (neck area) 

500 to 800 (gross area) 

300 to 500 (gross area) 


shown for fittings involving velocity changes. The column 
r, Pres. Avail/' (pressure available) is provided to facilitate 
the design, of submains (those not forming part of the 
path of highest loss) and branches. It may be noted that 
L804 is available for the 3000-cfm submain from point B 
to the end, including return losses. Similarly, 1,243 in. is 
available for the 200-efm branch from point C to the end. 
The column “Loss Source” is usually not provided. This 
column is included in Table 12 for illustrative purposes 
only. 

The minimum duct thicknesses used on naval ships are 
outlined in Tables 13 and 14, Ducts that pass through, or 
are extensions of compartments subject to tightness tests, 
and ducts that serve as sprinkling overflows for ammuni- 
tion spaces are increased in thickness as necessary to 
withstand the test pressure of the compartments and am- 
munition spaces without permanent set. The material 
thickness for fittings such as elbows, tees, and transitions 
is that required for the largest dimensions of the fitting. 

For quieter operation and to ensure full airflow at axial* 
fan intakes, cooling coils, heaters, flame arresters, and 
supply system takeoffs, the elbow and ductwork preced- 
ing these fittings are recommended to be in accordance 
with the following: 

* Radius elbows may be used, provided the minimum 
length of straight duct between the turn and the fitting 
is equal to the duct dimension in the plane of the bend 
times: two, for 30-deg elbows; three, for 45-deg elbows; 
four, for 60-deg elbows; five, for 90-deg elbows. 

* Radius elbows with splitters may be used, provided 
the minimum length of straight duct between the turn 
and fitting is equal to the dimension between the longest 
splitter and the outer curve of the elbow times: two, for 
30-deg elbows; three, for 45-deg elbows; four, for 60-deg 
elbows; five, for 90-deg elbows, 

* Vaned turns may be used if the length of straight 
duct between the turn and the fitting is less than that 
required above; otherwise, radius elbows are preferred. 

■ Intake transition pieces to axial fans should be as 
symmetrical as practicable. If it is necessary to decrease 
the velocity at fan intakes, the transformation piece 
should be symmetrical or the intake should be fitted with 
straight pipe for a length of one diameter. 

* Branch inlets or split mains should not be located in 
the ductwork preceding the axial fan for a distance equal 
to the fan diameter. 
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Table 13 Minimum duct thickness for fabricated ductwork 


Diameter or 
Longer 
Side, in. 

Non-watertight 

Watertight 

Galvanized 
Steel, in. 

Aluminum, 

in. 

Galvanized 
Steel, in. 

Aluminum, 

in. 

Up to 6 

0.018 

0.025 

0.075 

0.106 

6.5 to 12 

0.030 

0.040 

0.100 

0.140 

12.5 to 18 

0.036 

0.050 

0.118 

0.160 

18,5 to 30 

0*048 

0.060 

0.118 

0.160 

Above 30 

0.060 

0.030 

0*118 

0.160 


Table 14 

Minimum duct thickness for welded 
tubing 

or seamless 


NON- WATERTIGHT 

Watertight 

Tubing 

Aluminum, 

Aluminum, 

size, in* 

in. 

in* 

2 to 6 

0*035 

0.106 

6.5 to 12 

0*050 

0.140 

Spirally Wound Duct (Non- watertight) 

Diameter, 


Aluminum, 

in. 

Steel, in. 

in. 

Up to 8 

0.018 

0.025 

Over 8 

0.030 

0.032 


* Branch inlets or split mains should not be located in 
the ductwork preceding the axial fan for a distance equal 
to the fan diameter* 

* Bellmouths are installed on axial fans where there 
is no inlet piping and where the fans take suction from 
plenum chambers* 

* If a square turn in a rectangular duct occurs immedi- 
ately before a centrifugal-fan inlet, the dimension of tlfe 
side of the elbow parallel to the fan shaft should be not 
less than % of the fan inlet diameter, and the other dimen- 
sion should be equal to the fan inlet diameter* The duct 
should be faired into the far edge of the fan inlet on a 
radius turn that is % of the fan inlet diameter* 

3.2 Heating Systems* The selection of heating sys- 
terns for merchant or naval vessels is largely dependent 


on the environmental conditions and the form of energy 
available. Steam heaters are a logical choice for steam- 
propelled ships, whereas electric heaters may be pre- 
ferred for ships with diesel or gas turbine propulsion 
plants. 

a. Steam heating systems* * The layout of a steam 
heating piping system depends upon the vessel arrange- 
ment* Cargo ships generally have relatively short fore- 
and-aft runs of piping; a steam riser in the machinery 
casing starts at a pressure-reducing station below the 
lowest, and extends up to the highest, deck served. Where 
the areas served are some distances fore and aft, such as 
on passenger ships, the steam main is run fore and aft, 
preferably above the bulkhead deck and on the deck level 
having the largest height so as to minimize conflicts with 
headroom and other services* Risers, taken from the main 
at convenient locations, feed short laterals on the various 
decks* Often a horizontal steam main can serve two or 
even three decks (one or two up and one down)* When 
avoidable, the longitudinal main is not run on a passenger 
deck. If possible, piping is kept out of cargo holds and 
other inaccessible (locked) spaces, where leaks may be 
undetected [9]. Also, it is kept out of electrical spaces and 
is not allowed over electrical equipment* To achieve an 
economical and efficient layout, the heating system must 
be coordinated with the other hotel services. Structural 
interferences and limitations also must be considered* 

The following guidelines are considered to reflect good 
practice in the design of shipboard steam heating systems: 

1. Supply equipment that operates year round (galley, 
pantry, water heaters, laundry converters, air-condition- 
ing reheaters, and filter cleaning stations) from constant 
steam service mains and branches* Feed the remaining 
equipment from intermittent steam service mains and 
branches* 

2* Provide either a common or individual reducing sta- 
tion for each group of units requiring the same operating 
pressure. Some galley equipment may require a lower 
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pressure than heating equipment; also, some units have 
integral reducing and control facilities* 

3. Run all piping (steam and condensate) so it can be 
drained by gravity. The requirement for a gravity return 
is a major controlling factor in locating condensate piping* 

4. Design condensate piping for gravity return to an 
atmospheric or contaminated drain tank. Run independent 
drains from laundry or other equipment, which operates 
at a higher pressure. Where lifting of condensate abso- 
lutely cannot be avoided, limit the lift to a maximum of 
one deck height only and fit check valves. 

5* Wherever possible, pitch condensate piping in the 
direction of flow. Provide drips at all low points in piping, 
the bases of risers, the ends of mains, and at normally 
closed valves, which may collect condensate* 

6. Locate drain piping from heating units in exposed 
compartments, such as steering gear rooms, below the 
unit; if located above, the unit can be flooded and damaged 
by freezing if steam is inadvertently secured in cold 
weather* 

7* Except for converters, do not provide bypasses for 
traps or automatic valves. 

8* Provide a steam pressure gage in each equipment 
room, and elsewhere as necessary, to determine the actual 
inlet working pressure at heating units. Provide several 
plugged test connections in the distribution system and 
at equipment not provided with a pressure gage* 

9. Provide all units with a stop valve on supply and a 
trap and cutout valve (gate) on the return* 

10. For each air and water heater, provide a strainer 
and control valve (following stop valve) on the supply and 
a dirt pocket before the trap return* 

11. Provide a dirt pocket and strainer ahead of the 
steam trap on a unit heater return* 

12* In general, use thermostatic traps only for direct 
radiation and domestic equipment of low capacity, i.e,, 
less than 20 Ib/hr, 

13* Provide an air chamber and petcock in returns from 
heaters* 

Typical equipment hookups are shown in Fig. 43* 

On U*S. Navy ships, drain orifice assemblies are used 
in lieu of steam traps* A drain orifice assembly consists 
of a Y-type steam strainer and an assembly consisting 
of a strainer/gasket, orifice plate fitting, and matching 
gasket installed between a pair of flanges* Recommended 
orifice sizes are given in Table 15. Where the maximum 
amount of condensate expected exceeds the capacity of a 
standard-size orifice, multiple parallel-installed drain ori- 
fice assemblies are provided. 

The maximum steam velocities in pipes are generally 
established from the formula: 

V = 4860 V5 (33) 

where 

V — maximum steam velocity, fpm 

d = pipe inside diameter, in. 

Usually, the steam is slightly superheated and is dry; 
for wet steam (as supplied by a waste-heat boiler, ordinary 


heating boiler, or contaminated evaporator), the flow ca- 
pacities determined from this equation are reduced by 
about 25%* 

Condensate return lines commonly are sized for maxi- 
mum velocities, assuming full pipe flow, derived by the 
formula: * 

V = 30 yfd (34) 

where 

V — condensate velocity, fpm 

d — pipe inside diameter, in* 

Velocities calculated from this equation produce drops 
between % and 1 psi per 100 ft of straight pipe; the pres- 
sure loss in return lines of 30-psig systems should not 
exceed 4 psi [7]* 

b* Hot- water systems* The use of hot water for heat- 
ing has many advantages [23]* Hot water affords better 
control of small heating capacities (frequently 5000 Btu/ 
hr and less) than steam. Also, hot water eliminates numer- 
ous problems associated with condensate return, steam 
traps, and water hammer. Hot-water heating permits the 
elimination of condensate return pumps and associated 
problems, condensate cooling facilities, and corrosion of 
condensate piping. Note that corrosion in steam heating 
boilers, particularly those of the flash type, is a serious 
problem requiring careful feedwater analysis and 
treatment* 

Medium-temperature hot-water generators are fre- 
quently used in lieu of auxiliary steam boilers. For various 
heating services, including distilling plants, laundry, and 
galley equipment, 320 F water replaces 100-psi steam. 
Water-to-water and water-to-steam heat exchangers are 
provided where low-temperature heating (water or steam) 
is required* This practice requires less weight and space, 
has a lower installed cost, is safer and easier to operate, 
requires less maintenance, and has a lower operating cost. 

All hot-water heating systems on ships have forced cir- 
culation* Single-pipe systems, Fig* 44(a), require minimum 
piping, are ideally suited for shipboard applications, and 
have been successfully used on many large passenger 
ships* The true two-pipe reverse-return system is fre- 
quently not practical; therefore variations, such as that 
illustrated in Fig* 44(6), are adopted that are more suitable 
to the arrangement of the spaces served [23]* 

On large ships, a number of separate heating systems 
may be provided with central-station equipment, such as 
illustrated by Fig. 45, located in fan rooms or machinery 
spaces* Single-pipe systems are particularly suited for de- 
centralized service, i*e*, service required only in certain 
parts of the ship. Where central-station equipment is lo- 
cated in main or auxiliary machinery spaces, two-pipe ar- 
rangements are used with two or more pumps and con- 
verters being provided to carry the design load; a standby 
pump is sometimes installed and the equipment is cross- 
connected. Standby pumps are not provided for single- 
pipe systems since they are relatively small (usually be- 
tween 40 and 80 gpm); instead, complete pump and motor 
assemblies are carried as spares. 


1, WHEN TWO OR MORE HE ATfNG COILS ARE 


896 


MARINE ENGINEERING 


o r 


?i -j 


o — 

*3 


lb 


£ * 


o si 
> o 
o f 

Of 0- 

6* "» 


§ 3 

U Ul 


I £ 


i: 
* © 


z * 

I “ 


LJ IQ 

01 W 

^ s 

Ul * 
J V 


4J O 

U ° 
Q u 


£ * 
t * 


1 U UJ 
U i- „ 

< < ~ 

£ j ** 

« O I 

u 2 5 

» H5 


2 g 5i 

S 5 1 

lu « « 

S > * 

> W •" 
o Ul j 


£ £ 


i- £ 


tfl ^ 

iii O 
* £ 


z M ft 

W ^ Q = 

£. J S n. 


uj 3 

J a 


© 

© 


►_ tt t 2 


< © £ 

IV T ^ 


4° t 


tt 9 E 

“ H ^ i J- = H- - 

I7r _ < » 3 Z © 


3 J i 

o O — 

E £ * 



Fig. 43 Typical stearn piping hookups 


HEATING, VENTILATION, AIR CONDITIONING, AND REFRIGERATION 


897 


Table 15 Recommended orifice sizes for low-pressure 


steam system applications 


Condo sate 
Capacity, 


Nominal Steam Pressure 


50 

psig 

100 psig 

dia,, in* 

drill size 

dia,, in. 

drill size 

Up to 25 

0.0310 

68 

0.0310 

68 

26 to 50 

0,0310 

68 

0.0310 

68 

51 to 100 

0.0410 

59 

0.0350 

65 

101 to 200 

0.0505 

53 

0.0520 

55 

201 to 400 

0.0820 

45 

0.0700 

50 

401 to 600 

0.1015 

38 

0,0860 

44 

601 to 800 

0,1160 

32 

0*0995 

39 

801 to 1000 

0.1300 

29 

0.1100 

35 

1001 to 1400 

0.1540 

23 

0.1300 

29 

1401 to 1800 

0.1770 

16 

0.1495 

25 



other 


(©) Single’ pip* system 



Ub) Reverse-return system 


Fig. 44 Hat- water heating systems 


It is essential to eliminate air and uncondensed gases 
from closed-circulation water systems because they im- 
pair heat transfer, retard circulation, cause pump cavita- 
tion, and create noise. Air must be purged from a system 
when it is initially filled; also, air enters with the makeup 
water and gases are released when the water is heated* 
Equipment is arranged so that the pump discharges to 
the converter (Fig, 45), which in turn discharges into an 
air separator. The latter removes both air introduced with 
makeup water and that released during the heating 
process* 

A water velocity of at least 1 fps is required to keep 
entrained air and gases moving, and thus prevent air pock- 
ets. Velocities in mains are sufficiently high; however, 
heating unit loads are often so small that the minimum 
velocity, rather than load, determines the design water 
quantity. It is recommended that at least 1 gpm per air 
heater and 0,5 gpm per convector be provided to assure 
adequate velocity in branches (usually of 0*5-in. pipe size) 


and units. Air can be confined to the mains, where the 
velocity is highest, by connecting supply branches to the 
bottom, or at least to the lower half, of mains as indicated 
by Fig. 46, Accordingly, it is of advantage to keep mains 
as high as possible* 

Adequate and easily accessible means for venting air 
cannot be overstressed. Automatic float-type vents with 
waste connections usually are applied only at high points 
in mains and those heating units at high points of systems. 
Systems with open expansion tanks are generally consid- 
ered to be easier to vent than those with compression 
(closed expansion) tanks. 

The following equation shows the relationship between 
the heating (or cooling) capacity, water temperature drop, 
and flow rate: 


H = 500 G DT 


(35) 


where 

H — heating (cooling) capacity, Btu/hr 
G = flow rate, gpm 

DT — temperature drop (rise), deg F 

Load rates usually are based on temperature drops of 
ID to 20 deg F; consequently, it is useful to remember that 

1 gpm cooled 10 deg F gives up 5000 Btu/hr 

The temperature drop selected for a particular system 
depends on the magnitude of the heating load, Of impor- 
tance is the allowable pressure loss through reheaters. 
Large temperature drops reduce flow rates and pressure 
drops, but heat transfer is poor at low water velocities. 
Accordingly, a compromise must be made. Considerable 
judgment is required to “juggle” the various design vari- 
ables so as to achieve the optimum design; to be sure, the 
design of a shipboard hot-water heating system is not 
accomplished on the first attempt. The size and number 
of flow fittings required for individual circuits (shunts) of 
single-pipe systems (Fig. 45) depend on their design and 
the manufacturer's recommendations. Loads are seldom 
large enough to justify branch sizes over V 2 in. When an 
appreciable number of larger sizes are indicated, the use 
of higher temperature drops and higher velocities in 
mains should be considered. 

Piping arrangements depend largely on the arrange- 
ment of spaces served* Where practical, returns from zone 
circuits (loops) are run independently to the pump suction 
manifold (Fig. 45); thus, thermometers (for checking per- 
formance) and zone balancing valves are readily acces- 
sible. 

The relationship of the spaces served controls the num- 
ber of zone circuits* Where three decks are served, the 
central-station equipment (Fig. 45) is preferably located 
near the center of the middle deck, with a zone circuit 
serving each deck. The allocation of spaces to zones of 
single-pipe systems must be such that adequate capacity 
is carried in each loop to generate the required heat at 
flow fittings; it may be necessary to break up the loops 
on one or more decks to reduce the pumping head. 
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Fig, 46 Hot- water heating system unit hookups 
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A separate heating system is not required for each air- 
conditioning system; however, to simplify troubleshoot- 
ing, only one heating system should serve a particular air- 
handling system. Also, where practical, each zone circuit 
should serve a single air-conditioning system. 

Expansion tanks may be of the open or closed type. The 
water temperature in open systems is less than 212 F; for 
closed systems, the use of 220 to 240 F water is common. 
Corrosion and the elimination of air become greater prob- 
lems as the temperature increases; thus low water tem- 
peratures are preferred. Obviously, the less makeup wa- 
ter used the better, since this minimizes corrosion, 
sediment contamination, and noncondensable gases in the 
system. 

Converters are selected, from manufacturers 7 data, for 
the heating load required plus 50 % excess capacity to 
allow for start-up and scaling. The water pressure drop 
through converters is seldom critical. 

Circulating pumps used in hot-water systems are al- 
ways of the centrifugal type. Generally, mechanical seals 
suitable for operation well above the design water temper- 
ature are provided. Pump selections should be made from 
certified performance curves. The pump selected must not 
have an excessively flat capacity-head curve. Also, the 
point of operation should be at or slightly to the left of 
the maximum efficiency point. The operating point on the 
capacity-head curve is usually specified at least 10% below 
the peak. Such a selection provides a margin for errors 
in estimating pumping head, accommodates changes in 
system requirements (head and volume) occurring during 
or after construction, and minimizes the possibility of mo- 
tor overload. 

Cocks or valves are fitted in each zone circuit of a sys- 
tem to balance one against the other, as indicated by Fig. 
45, Balancing by temperature drop, using permanent ther- 
mometers, is most practical; thermometers also help when 
checking operation. 

Piping of hot-water heating systems is arranged to fa- 
cilitate air removal, venting, and draining. Piping installed 
to follow the sheer and camber of the ship usually pro- 
vides adequate pitch and suitable high points for venting. 
Mains are run as straight as possible to minimize high 
points (air pockets) requiring automatic vents. Hot-water 
piping is normally sized for a maximum velocity, V f equal 
to 5 ijd (where d is the pipe inside diameter in inches and 
V is in fps) but not in excess of 6 fps. 

Hot-water heating systems are not used on ILS, Navy 
ships, 

c. Heaters and heater coils* A variety of heaters is 
available to suit specific applications. Heaters may be of 
the convection, duct, unit, or radiant type. 

Convection heaters use natural convection currents tif 
move air over heated coils. They have a high heating ca- 
pacity for their size and weight and are used in spaces 
where there is no mechanical ventilation, or where the 
heating loads are small. Bathrooms, washrooms, and 
showers are examples of such spaces. Convection heaters 
should be mounted on weather-exposed bulkheads or 
against the coldest bulkhead and should be located close 



to the deck but not less than six inches above the deck. 
Convection heaters may be steam or electric operated. In 
a steam convection heater, Fig. 47, air enters through the 
inlet and is warmed as it passes over the heating element, 
resulting in a natural convection current that causes the 
air to rise and exit at the top of the heater. Control of the 
output may be accomplished by a manually controlled 
damper or through a thermostatically controlled valve to 
regulate the amount of steam into the heater. Electric 
convection heaters, such as illustrated by Fig, 48, operate 
on the same principle and use a resistance-wire heating 
element that is helically coiled in insulating material and 
enclosed in a hermetically sealed finned metal sheath. 
Electric heaters always use spraytight enclosures for 
electrical connections and watertight enclosures for the 
entrance of heating elements. Electric heaters should 
never be placed next to showers, sinks, or urinals where 
they can become wet. 

Duct heaters are the preferred type since they require 
less weight, space, and piping. Duct heaters can be steam 
or electric operated. Duct heaters may be part of a ventila- 
tion supply or recirculation system and can serve as a 
reheater for humidity control in cooling systems during 
the cooling season. Steam duct heaters, Fig, 49, are gener- 
ally of the single-serpentine or double-tube type with a 
variety of fin spacings. While smaller fin spaclngs provide 
greater efficiency for heat transfer, they are most diffi- 
cult to clean and have greater pressure drops. Heating 
elements in steam heaters are made of copper tubing. 
Tubes should not be placed more than one row deep in the 
direction of airflow; however, when more than one row of 
tubes is needed to obtain the required temperature rise, 
heaters can be stacked in the direction of airflow. Heaters 
may be stacked end to end or one over the other to obtain 
the face area required. As can be seen from Fig. 50, elec- 
tric duct heaters are similar in construction to electric 
convection heaters (Fig. 48). 
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PLATEJ 

Fig. 48 Convection heater [electric) 



Fig. 49 Duct heater [steam) Type S 


Unit heaters are used in large areas, such as cargo 
spaces, steering gear rooms, and in some machinery 
spaces where the ventilation supply is insufficient to pro- 
vide heat through duct heaters or where there is no venti- 
lation supply and a convection heater cannot meet the 
heating needs. Unit heaters are self-contained forced-con- 
vection heaters in that a fan is used to force air across 
the heating coils, resulting in a high heating capacity. 
Unit heaters may be steam or electric. They are generally 
mounted 6 to 10 ft off the deck; and when multiple heaters 
are used, their discharges should be consistent. 
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Fig. 50 Duct heater (electric) 


Families of naval steam and electric convection, duct, 
and unit heaters have been designed to be capable of 
meeting vibration and higb-impact shock requirements. 
The size, performance capability, and dimensions of these 
units have been standardized to facilitate replacement and 
interchangeability. The physical characteristics and per- 
formance capability for Navy standard heaters can be 
found in reference 12. Specifications for heaters used in 
merchant construction may be found in reference 2, 

3*3 Chilled- and Hat-Wafer Systems, Cooling Coifs, Com- 
pressors, Condensers, and Related Components* Chilled-wa- 
ter systems are designed for direct return since there 
are relatively few units to balance. Generally, 42 F is 
considered to be the lowest economical chilled-water tem- 
perature; 44 F is specified for naval construction. Water 
quantities, generally, are based on temperature rises from 
8 to 10 deg F, although temperature rises up to 12 deg F 
have been used for large systems (passenger ships). 

Pumping heads of chilled-water systems are estimated 
the same, as for two-pipe hot-water systems. Higher maxi- 
mum water velocities are used because noise is less criti- 
cal; also, the heat removal per gpm is smaller (the temper- 
ature rise much smaller). Chilled-water piping is normally 
designed for a velocity, V, equal to 5 yd (where d is the 
pipe inside diameter in inches and V is in fps) but not in 
excess of 10 fps. 

It is normal practice to circulate water continuously 
through chilled-water systems during cold weather; this 
tends to overcome the possibility of freezing due to strati- 
fication of preheated air. While not recommended, anti- 
freeze liquids have been used. It may be noted that the 
noncorrosive brine used for other refrigerated services on 
ship may also be used for air-conditioning purposes. 
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U.S. Navy ships usually use solenoid valves controlled 
by a thermostat in lieu of pneumatically controlled valves. 
Also, constant-flow control fittings and orifices are used 
in lieu of flowmeters and balancing valves, 

a. Combination chilled- and hot-water systems* 
Class E air-conditioning systems, Fig. 3, require two-pipe T 
reverse-return water systems. Facilities for air removal 
are the same as provided for water heating systems. In 
general, induction units are bulkhead mounted; thus all 
parts (valves, controls, vents, lint screens, flushing by- 
pass, etc.) are readily accessible for service, maintenance, 
and repair. The chilled water is first fed through the pri- 
mary air coil and then is fed, as “secondary water/' to the 
induction units. On a cargo ship, a single pump often 
handles both services. The total temperature rise is about 
15 deg F {8 deg F primary and 7 deg F secondary); thus, 
while additional pumping head is required (primary and 
secondary coils are in series), the reduction in water quan- 
tity (about 1.6 gpm/ton of refrigeration) keeps the pump 
horsepower reasonable. On passenger ships where the 
systems are large, the return from the primary water 
system is metered automatically, as required, into second- 
ary systems serving the induction units. 

Piping serving primary cooling coils is designed to the 
same criteria as used with chilled-water systems; piping of 
secondary circuits uses the same criteria as water heating 
systems. 

Combination water systems serving room fan-coil units 
are designed the same as Class E systems, when the pri- 
mary (replenishment) air is dehumidified and cooled. 
When the primary air is only preheated, the system is 
designed the same as for chilled water since fan-coil units 
accommodate the entire cooling load, including that of 
primary air. 

Drains from the induction unit and room fan-coil unit 
drain pans usually are % in. IPS. Where a number of units 
are connected to a common drain, the size is increased, 
depending on the number of units served. When practical, 
these drains are terminated in the corner of shower stalls, 
about 6 in, above the bottom. Drains direct to weather are 
not desired and fortunately are seldom used. 

Combination chilled- and hot-water systems are not 
used on U.S, Navy ships. 

b* Cooling coils. A typical cooling-coil piping 
hookup is shown in Fig. 51. Air conditioning on merchant 
and naval ships is accomplished through the use of cooling 
coils. The various types of cooling coils used are duct, 
unit, gravity, and coils that are designed to fit into fan- 
coil assemblies and fan-coil units. The various types of 
cooling coils may be of either the chilled-water or direct- 
expansion type, with the chilled-water cooling system be- 
ing the predominant type. Air-conditioning design condi- 
tions for naval ships are generally higher than for mer- 
chant ships due to space and weight limitations. Air- 
conditioning on naval ships is provided as a military neces- 
sity to keep the crew fit to accomplish their assigned tasks 
and to keep vital heat-sensitive equipment operating. 
When selecting a coil for a specified design condition, 
several related performance characteristics must be con- 
sidered. 


Cooling coils should always be installed with the air- 
stream flowing horizontally through the coils. A vertical 
airflow in direct-expansion coils can result in oil pockets 
in the coil circuits. 

Duct coils, such as illustrated by Fig. 52, are generally 
universal in that air may enter from either side and the 
coil may be turned to position the connections on the end 
most convenient. Duct coils usually have an even number 
of tube rows so that supply and return water piping con- 
nections are on the same side of the coil. The water and 
air should ^e in counterflow, with the water entering the 
header on the air exit. The coil capacity is controlled by 
a solenoid valve in the liquid line, which is actuated by 
thermostatic contacts in the compartment served by the 
coil. Duct coils are used in conjunction with a centrifugal 
or vaneaxial fan as a built-up recirculation system. 

Unit coolers are used in small isolated compartments 
where th£ air distribution is not a major concern, but 
where air-conditioning is required and the installation of 
a recirculating system is impractical. Figure 53 is a unit 
cooler and consists of a coil, similar to a duct coil, an air 
filter, and a motor-driven tubeaxial fan. Air is discharged 
through adjustable louvers. The control of unit coolers is 
similar to that for duct coils. 

Direct-expansion coils and unit coolers are similar in 
construction and control to chilled-water coils but use a 
refrigerant as the cooling agent. 

Gravity cooling coils are used in spaces that have low 
cooling loads, such as ammunition magazines, where elec- 
trical equipment would pose a hazard. As indicated by 
Fig. 54, gravity coils are overhead mounted and rely on 
convection currents to remove heat. When two or more 
gravity coils are located in the same space, and chilled- 
water is used, the coils must be connected in parallel 

Seawater cooling coils can be used to supplement cool- 
ing in spaces that normally have large ventilation require- 
ments and have high sensible-heat loads. Seawater coils 
can be used to reduce the size of ventilation trunks and 
weather-deck fan rooms, which can result in a savings of 
weight and space. An example of such spaces is an auxil- 
iary machinery space with little or no latent-heat load. 
Care must be exercised to ensure that the ventilation sup- 
ply quantity is not reduced such that fresh-air require- 
ments are violated. 

Fan-coil assemblies are an alternative to built-up recir- 
culation systems. Figure 55 shows that they are deck 
mounted and usually located either in the space to be air 
conditioned or in an adjacent passage. A fan-coil assembly 
consists of a cooling coil, fan motor, and filters, but may 
also include a distribution plenum and electrostatic precip- 
itator. A belt-driven centrifugal fan with a motor pulley 
is used to permit a variety of airflow quantities. Air is 
drawn downward from the inlet, through the filters, elec- 
trostatic precipitator (if installed), through the cooling 
coil, across the fan motor, then through the fan and out 
through the discharge duct or plenum. 

Fan-coil units also serve as an alternative to built-up 
recirculation systems, and like fan-coil assemblies are usu- 
ally located in the space served. From Fig. 56 it can be 
seen that fan-coil units consist of a fan, two-speed motor, 
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Fig. 51 Typical two-high cooling coal piping hookup 
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Fig. 53 Unit cooler 
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Fig. 55 Fan-coil assembly — Type HI 
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air filters, inlet and outlet grills, chilled-water coil, and 
electric heater and heater contactors, if required* A ther- 
mostat is installed in the unit to control the fan motor 
speed and the chilled-water solenoid valve during cooling, 
and the heater during heating. A direct-drive forward- 
curved centrifugal fan is used* Fan-coil units are designed 
to be mounted either horizontally in overheads or verti- 
cally on bulkheads, thereby minimizing the use of deck 
area* 

The specifications for some merchant ships require at 
least six rows of tubes and 25% more rows than suggested 
by the manufacturer's published ratings to protect 
against capacity reduction due to fouling of the coil fins. 
In naval practice standard cooling coils are used, all of 
which have either six or eight rows of tubes. The tempera- 
ture of the entering water to the coil on merchant ships 
is usually 42 F* For merchant ships, the coil is selected 
based on a 10 deg F rise in the chilled water temperature 
through the coil [2]. For naval ships selection is based on 
the use of 3*6 gpm of 45 F chilled water through the coil 
per ton of cooling; selections are made from families of 
standard cooling coils that have been designed to meet 
vibration and high-shock requirements [12] 

c. Compressors, condensers, and related compo- 
nents* Most air-conditioning plants onboard ships use 
either reciprocating or centrifugal compressors; however, 
other types of systems such as lithium bromide, rotary- 
screw compressors, and steam-jet systems are also used* 
Reciprocating compressors are generally used for loads 
up to about 100 tons and centrifugal compressors for 
loads over 100 tons* 

Lithium-bromide plants operate on an absorption re- 
frigeration cycle using lithium-bromide solution as the 
absorbent and water as the refrigerant* Lithium bromide 
is a salt, similar to table salt, which has a strong affinity 
to absorb water vapor. 

Rotary-screw or helical-screw compressor plants use 
an electric motor-driven helical rotary-screw compressor, 
which is a positive-displacement compressor* These com- 
pressors have few moving parts* They are oil flooded, and 
the oil increases the compression efficiency, reduces the 


Fig. 56 Fan-coil unir 
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Fig. 57 Reciprocating ain conditioning plant ictwmatie 


discharge temperature, reduces noise, and permits opera- 
tion at higher loads. 

Steam-jet plants use a steam ejector to compress the 
refrigerant rather than a mechanical compressor. These 
units are large and bulky in comparison with electric mo- 
tor-driven units and are considered to have limited ship- 
board application potential. 

Additional details on lithium-bromide, rotary-screw, and 
steam-injection plants can be found in reference 10* 

Air-conditioning plants for naval construction are usu- 
ally indirect systems in which the refrigerant is circulated 
to a water chiller that cools fresh water. The advantage 
of using an indirect system is that the refrigerant piping 
is short and confined to one space, limiting the chance of 
a refrigerant leak. The water is chilled to a temperature of 
44 F for naval construction and usually 42 F for merchant 
construction* The chilled water is then circulated to cool- 
ing coils throughout the ship in parallel flow paths. Multi- 
ple air-conditioning plants in an indirect system are cross- 
connected by the chilled-water piping and not by the re- 
frigerant piping. 

Marine refrigeration systems and their individual com- 
ponents are designed to operate with the angles of pitch, 
roll, list, and trim normally encountered by a ship* Design 
angles are 10-deg pitch, a momentary roll of 30-deg for 
merchant construction and 45-deg for naval 15-deg per- 
manent list, and 5-deg permanent trim fore and aft. Rotat- 
ing equipment is normally installed with the shafts fore 
and aft so as to minimize gyroscopic effects. 

Condensers, coolers, drip pans, troughs, tanks, etc* 
have their long dimension fore and aft, where possible, to 
facilitate drainage. Flow retarders are used to minimize 
the adverse effect of ship movement. Also, drain connec- 
tions at both ends of equipment provide free draining 


regardless of trim. Drawings must clearly define the mini- 
mum space required for the removal of tubes in shelband- 
tube equipment. Construction and installation require- 
ments for equipment are contained in references 42 and 
43 for merchant construction and in references 10, 44, and 
45 for naval construction. 

Each component of an air-conditioning system must be 
selected to properly interface with all others and to deliver 
the required performance in the same operating time peri- 
ods during pulldown and holding* Most plants are pur- 
chased as “packages,” including the base, drives, and all 
controls* Generally this reduces costs and provides im- 
proved performance; however, since “packages” afford 
less flexibility of arrangement, space and servicing re- 
quirements must be resolved early in the design stage. 

Since an air-conditioning plant handles a wide range 
of loads from pulldown to light loads, some means of 
compressor capacity control is required* In naval practice 
for reciprocating compressors, this is done by automati- 
cally preventing specific cylinders from pumping refriger- 
ant * For centrifugal compressors, the use of pre-rotation 
vanes (variable inlet guide vanes) or a hot-gas bypass is 
used. 

In merchant practice, the capacity of reciprocating com- 
pressors may be controlled by speed variations, automatic 
cylinder cutouts, un loaders, or bypasses. The capacity of 
centrifugal compressors may be varied by speed controls, 
bypasses, throttling, or metering of the refrigerant* 

A schematic of a reciprocating air-conditioning plant is 
shown by Fig* 57* An air-conditioning plant consists of 
a compressor, condenser, receiver, chiller (evaporator), 
controls, piping, and valves. The purpose of the compres- 
sor is to compress the low-pressure, low-temperature re- 
frigerant gas into a high-pressure* high-temperature gas. 
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NOTES 

1. Refrigerant liquid tines and capillary tubing far dial (remote reading) 
thermometers ond solenoid vatve control switches are rtm to re- 
frigerant control panels located by the shipyard* 

2 * Meat ond fiih room is similar except that two independently con- 
trolled refrigerant circuits are provided. 

3* Fruit ond vegetable room is similar except that the coid diffuser 
has two independently controlled refrigerant circuits* 

4* Where possible, all freon piping is bent in lieu of using elbows, to 
reduce friction, and the number of soldered joints. 

5. Alt suction line branches are looped Into the top of the suction main 

to prevent oil accumulation in tines not in service* m 

6. Hanger ond supports are installed to as to permit free expansion 
and contraction between anchorages and to minimize vibration. 

7. Refrigerant suction lines between the compressor and refrigerated 
space ore insulated with brine thickness insulation* Liquid lines be- 
tween the heat inter changer and refrigerated space ore insulated 
with ice water thickness* 
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Fig, 58 Ship's stores refrigeration system diagram 
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(c) Condensing unit assembly 
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(d) Typical pipe coil hook-up 


(e) Typical cold diffuser hook-up 


Fig* 58 Ship’s stores refrigeration system diagram (continued) 
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Reciprocating compressors for naval construction are 
high-speed, positive-displacement, multicylinder, single- 
acting compressors with trunk-type pistons, forced lubri- 
cation circulation, and automatic capacity control. They 
use essentially commercial components but meet the re- 
quirements of reference 44 as well as high-shock and vi- 
bration requirements. Typical operating speeds for recip- 
rocating compressors range from 1150 to 1750 rpm. 

The condenser takes the high-pressure, high-tempera- 
ture gas from the compressor and cools and condenses 
the gaseous refrigerant to a liquid. It is here that the heat 
removed from the space to be cooled is discharged to the 
seawater. Multipass shell-and-tube condensers are used 
for naval ships. Seawater is circulated through the tubes, 
and refrigerant gas is supplied in the shell and condensed 
on the outer surfaces of the tubes. The condenser capacity 
is affected by the seawater temperature, the quantity of 
seawater circulated, and the refrigerant gas temperature. 
Variations in condenser capacity affect the refrigerant 
discharge pressure. A constant discharge pressure is de- 
sirable for satisfactory operation of the refrigeration sys- 
tem's metering devices. Therefore, seawater flow control 
is required at the condenser to maintain a relatively con- 
stant refrigerant discharge pressure. A w r ater-regulating 
valve, actuated by the compressor refrigerant discharge 
pressure, is installed in the condenser seawater outlet 
to maintain a constant condenser refrigerant discharge 
pressure. A manual bypass valve is provided to circulate 
seawater around the regulating valve in case of a mal- 
function. 

The condensed refrigerant flows out of the condenser 
into the receiver. The receiver accumulates the liquid re- 
frigerant and stores the excess refrigerant not needed 
during off-peak operations, provides storage during sys- 
tem pumpdown, and provides a seal against the entrance 
of the gaseous refrigerant into the liquid refrigerant line. 
Shipboard refrigeration systems have a liquid level indica- 
tor that shows the amount of liquid refrigerant in the 
receiver. The receiver should have sufficient capacity to 
hold a complete charge of refrigerant plus 20% reserve 
volume. 

From the receiver, the liquid refrigerant flows through 
an expansion valve, which reduces the pressure on the 
liquid refrigerant. The liquid refrigerant then flows to 
the chiller or evaporator. In the chiller, the refrigerant 
absorbs heat at a saturation temperature corresponding 
to the pressure within the chiller. In naval ships the water 
chiller is a shell-and-tube heat exchanger with the refrig- 
erant in the tubes and fresh water in the shell. From the 
chiller, the refrigerant returns back to the compressor. 

Centrifugal air-conditioning plants are thermodynami- 
cally identical to a reciprocating air-conditioning plant. 
The means of compressing the refrigerant is the primary 
difference. A reciprocating compressor is a positive-dis- 
placement machine, whereas a centrifugal compressor is 
a dynamic machine. The refrigerant flow in centrifugal 
compressors is continuous; therefore, a centrifugal com- 
pressor has a greater volumetric capacity, size for size, 


than reciprocating and other positive-displacement com- 
pressors. Centrifugal air-conditioning plants are large-ca- 
pacity units and are usually not built with capacities under 
100 tons. The rotating speed of a centrifugal compressor 
is usually 9000 rpm or higher. 

Both centrifugal and reciprocating air-conditioning 
plants are used extensively in the Navy. Centrifugal 
plants are used most frequently on ships that have a large 
crew complement, and hence a large number of air-condi- 
tioned living working areas. Commercial ships, except for 
passenger lifters, generally have smaller crews and less 
of an air-conditioning load, and therefore tend to use recip- 
rocating air-conditioning plants. 

When selecting the capacity of plants for naval ships, 
particularly combatant ships, one fully redundant plant is 
provided with the plants separated by one or more water- 
tight subdivisions. The requirements are such that if the 
ship is damaged, there must be sufficient air-conditioning 
capacity to handle the vital loads in the combat, command, 
and control spaces. 

3,4 Refrigeration Plants and Piping Systems. The 

equipment and piping used in refrigeration systems are 
essentially the same as those used in air-conditioning sys- 
tems. Refrigeration systems installed aboard naval ships 
are usually direct-expansion systems. These systems and 
their related equipment are standardized to facilitate ex- 
peditious repair and replacement and to minimize the 
quantity of spare parts required [7], 

In merchant construction, either direct or indirect sys- 
tems may be used. Merchant systems are also more flexi- 
ble than those on naval ships and use a greater variety of 
equipment and components because they are not sub- 
jected to as many constraints [2,11,43]. 

Refrigeration plants are used for various applications. 
In addition to air conditioning, plants are used for refrig- 
erated ship's stores, refrigerated cargo, drinking-water 
cooling, and in self-contained refrigeration equipment. Re- 
frigerated ship's stores plants are used for the preserva- 
tion of food required for consumption by the crew and 
passengers. Refrigerated cargo plants are used for the 
shipment of perishable foods or products, not for ship- 
board use. Drinking water may be cooled by either self- 
contained units or, on some ships, small heat exchangers 
that are tied into the air-conditioning system. Self-con- 
tained refrigeration equipment is used for many applica- 
tions, such as ice-making machines, soft-ice-cream freez- 
ers, soft-drink vending machines, and refrigerated salad 
and dessert counters. 

a. Refrigeration piping systems. Figures 58 and 59 
are typical refrigeration systems. The usual balance be- 
tween power requirements and installation costs applies 
to such systems, since excessive suction and discharge 
line losses (see Fig. 60) reduce the compressor capacity 
and increase power requirements. 

All lubricated compressors lose some lubricating oil to 
the refrigerant vapor during the compression process. As 
a result, in halogen compound refrigeration systems, the 
piping must be carefully designed so as to continuously 
return the lost oil to the compressor crankcase. In parts 
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Fig. 59 Cargo comportment refrigeration system diagram 
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of the refrigeration cycle, the oil is a mist and the refriger- 
ant is a vapor; here the refrigerant's velocity must be 
sufficiently high to keep entrained oil moving along with 
it. Often, a riser sized for adequate vapor velocity at mini- 
mum load may have a prohibitive pressure drop at maxi- 
mum load. In such cases a double risen as in Fig, 59(6), is 
required. At low capacities, oil collects in the trap and 
seals off the large riser; thus, the refrigerant vapor is 
forced to travel up the small riser at high velocity and 
carry oil with it When the vapor flow increases suffi- 
ciently, the oil seal breaks and both risers are used. The 
small riser is sized for minimum design capacity, and the 
large riser is sized so that the velocity through both is 
sufficiently high at maximum load. Figures 58 and 59 
incorporate design features required to assure the return 
of oil. 

Liquid refrigerant leaving the condenser is usually sub- 
cooled 2 to 5 deg F. This is advantageous because the 
friction and loss In static head between the condenser and 
expansion valve reduce the pressure of the refrigerant; 
thus, unless subcooled, the refrigerant will flash into a 
gas to compensate for the pressure drop. Heat inter- 
changers are used between the liquid line and compressor 
suction line to subcool the liquid; they are always provided 
in ship's stores and cargo systems. Locating heat inter- 
changers at receivers minimizes liquid line sizes. Also, 
they protect compressors by evaporating any liquid mixed 
in the refrigerant suction vapor. For complete information 
regarding refrigeration piping design, including pipe siz- 
ing, pressure drop calculations, and subcooling require- 
ments, see references 10, 11, and 41, 

Accessories, valves, controls, and safety devices are 
shown in Figs. 58 and 59. A comprehensive discussion of 
these devices (types, operation, applications, details, etc,} 
and various types of oil separators (not shown) is given in 
references 11 and 46. Materials comprising accessories 
and valves must be suitable for the refrigerant handled. 
References 9, 48, 44, 45, and 47 delineate merchant and 
naval construction requirements for installation, materi- 
als, tests, safety devices, and spare parts. The last item, 
spare parts, is particularly important since the availability 
of the equipment may depend upon them. 


Condenser water regulating valves, Fig. 58(c) ? are ad- 
justable. They operate to maintain a constant refrigerant 
condensing pressure for efficient operation of the system. 

A dryer is provided in the liquid line near the receiver 
outlet, Fig. 58(c), or near the condenser of systems with- 
out receivers. Some dryers include filters, and thus per- 
form a dual function. The type of filter included eliminates 
much smaller particles than mesh strainers. With the ar- 
rangement in Fig. 58(c), the dryer only is used when charg- 
ing the system with refrigerant, adding refrigerant to 
compensate for the loss through leaks, or when the pres- 
ence of moisture in the system is detected by “freeze-up" 
at the expansion valve. On naval ships, however, full- 
flow filter dryers are provided. Full-flow filter dryers are 
provided for hermetic systems since excessive moisture 
causes the formation of acids, which can lead to the break- 
down of motor insulation, possible burnout, and ulti- 
mately the contamination of the entire refrigeration sys- 
tem. The relief valve in the equalizing line between the 
condenser and receiver, Fig. 58(c), prevents an excessive 
pressure buildup in the receiver during shutdown when 
the valves are closed. The condenser relief valve and rup- 
ture disk protect the system in case of fire; note that these 
do not vent to the machinery space. 

All lines should be plumb and straight, except hori- 
zontal suction lines, and those between condensers and 
receivers, which should pitch in the direction of flow. 
Valves in vapor lines are installed with their stems hori- 
zontal to avoid pockets. Unions and flanged joints should 
be minimized, i.e., provided only where necessary for dis- 
connecting equipment, controls, etc. Insulated stuffing 
tubes are fitted at penetrations of watertight structures 
to thermally isolate the cold lines. Where watertightness 
is not essential, oversize sleeves (properly caulked and 
ratproofed) should be installed and the insulation and va- 
por seal should be continuous. Sleeves in decks should be 
of ample height to act as coamings; extra care should be 
taken to seal the joint between the pipe and sleeve to 
prevent the entrance of moisture, which can form ice 
which could crush the pipe. 
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b. Brine (secondary) cooling systems. Brine (sec- 
ondary) cooling systems are preferred over direct-expan- 
sion cooling by many operators because of improved reli- 
ability, simplicity of operation, greater flexibility, better 
temperature control, and superior cargo turnout. The 
small amount of primary refrigerant piping required vrith 
brine systems significantly minimizes refrigerant leakage 
and facilitates the return of oil. 

The initial cost of brine cooling is greater than that for 
a direcbexpansion system. The additional heat exchanger 
required to produce the necessary secondary cooling 
tends to increase power requirements; however, this dis- 
advantage may be overcome by more efficient operation. 
Generally, brine cooling may be used most advanta- 
geously where there is a large number of refrigerated 
compartments, where compartments served are remote 
from the refrigeration machinery space, where the diver- 
sity of simultaneous individual compartment tempera- 
tures is large, or where maximum humidity is required 
to minimize moisture removal from products. A strong 
conviction of the owner is at least one, if not the only 
deciding factor. Note that the brine may also be used for 
air-conditioning purposes. 

Two-temperature closed brine systems are preferred 
because they provide optimum control of the supply brine 
temperature and minimize air leakage, which causes air 
binding and accelerates corrosion. On some ships a pri- 
mary circulating system provides low-temperature brine 
to a number of secondary circulating systems, and each 
secondary system serves one compartment. The primary 
brine supply to the secondary 1 system is modulated by a 
space thermostat. 

Closed systems are preferred to the open type because 
the cost of pumping facilities is less, and the corrosive 
effect of aerated brine is significantly reduced. Also, gly- 
cols are organic and with open systems some inhibiter is 
lost to the atmosphere, thus necessitating periodic re- 
placement 

All materials in the system, including piping, flange 
gaskets, valve seats and packing, pump seals, and other 
specialties must be compatible with the particular brine 
handled to avoid corrosion. Potential problems in this re- 
gard require careful analysis. References 23 and 41 con- 
tain discussions of the properties of brines and methods 
of calculating system pumping requirements. 

c. Refrigerated storage spaces. Refrigerated stor- 
age spaces, or reefer spaces, are spaces designed for the 
storage of perishable cargo. Refrigerated spaces are of 
two general types: refrigerated cargo and refrigerated 
ship's stores. Refrigerated cargo spaces are intended to 
transport perishable cargo while refrigerated ship's 
stores spaces are intended to preserve perishable foods 
intended for shipboard use. 

Refrigerated cargo spaces may be designed for storage 
of bulk cargo or for containerized cargo. The cargo may 
be frozen, requiring a storage temperature as low as - 20 
F, or chilled, with a storage temperature as high as 55 F. 
For flexibility, the storage spaces are usually designed to 
be convertible from frozen cargo to chilled cargo and vice 
versa. 


Refrigerated cargo spaces are provided with a recircu- 
lating air system, defrosting system, and ventilation air 
system. The recirculating air system consists of a forced- 
air cooling coil, a two-speed fan, ductwork, and terminals. 
The fan capacity is usually sufficient to change the air 
once a minute with the compartment empty. Defrosting 
systems may be electric or hot-seawater spray. In electric 
defrosting systems, electric heater elements are built into 
the cooling unit while in hot-seawater spray systems, de- 
frosting piping is fitted with drains and nonpermanent 
air blowout connections to permit complete removal of 
residual seawater when defrosting is complete. Adequate 
drainage must be provided for the defrosting system. 

Supply and exhaust ventilation systems are provided 
for each refrigerated cargo space in which the tempera- 
ture is maintained above 32 F, Fresh air is usually supplied 
to obtain 1 to 2 gross volume changes per hour, depending 
on the cargo stored. The supply air is directed toward the 
intake of the cooling coils and the exhaust air is taken 
from a remote location to avoid short-circuiting the fresh 
air. 

At least one distant-reading, indicating dial thermome- 
ter is installed in each refrigerated storage space. The 
thermometer bulb should be located to indicate the repre- 
sentative room temperature. The temperate re- indicating 
dials are mounted outside the refrigerated space adjacent 
to its access. In addition to the distant-reading thermome- 
ter, refrigerated cargo spaces are provided with an elec- 
tronic-type selective indicating instrument installed in the 
refrigerating machinery room to indicate temperatures in 
all refrigerated cargo spaces. Temperature elements of 
the instrument are located in the return airstream to the 
forced- air cooling coils. 

The size of the refrigerated ship's stores spaces vary 7 
with the type of ship. On a cargo vessel, a large domestic- 
type refrigerator may be adequate. On a passenger liner, 
a much larger walk-in type space will be required. The 
exact size is determined by the number of passengers and 
crew. 

Insulation requirements for refrigerated spaces on mer- 
chant ships are contained in reference 2. Requirements 
for naval ships can be found in reference 7, 

References 

1 “Industrial Ventilation, A Manual of Recom- 
mended Practice/' Committee on Industrial Ventilation, 
American Conference of Governmental Industrial Hy- 
gienists, Ann Arbor, Mich. 

2 “Maritime Administration Standard Specifications 
for Merchant Ship Construction/' U.S, Department of 
Commerce. 

3 Heating , Ventilating, and Air Conditioning Sys- 
tems for Surface Ships , Naval Ships Technical Manual, 
Chapter 510, S90S6-RQ-STM-010/CH 510, Naval Sea Sys- 
tems Command. 

4 NA VSEA Design Practices and Criteria Manual 
for Air Conditioning, Ventilation , and Heating of Sur- 
face Ships ; Chapter 510, N A VSEA, T9500-AA-PRO-130, 
Naval Sea Systems Command. 


912 


MARINE ENGINEERING 


5 Fundamentals, American Society of Heating, Re- 
frigeration, and Air Conditioning Engineers Handbook. 

6 "Safety Code for Mechanical Refrigeration,” Stan- 
dard 15, American National Standards Institute/Ameri- 
can Society of Heating, Refrigeration and Air Condition- 
ing Engineers. 

7 "General Specifications for Ships of the United 
States Navy,” NAVSEA 59AAO-AA-SPN-10, Naval Sea 
Systems Command. 

8 "Hazardous Ships Stores,” CFR 46, Subpart 174, 
U.S. Coast Guard, 

9 Rules for Building and Classing, Steel Vessels, 
American Bureau of Shipping. 

10 Refrigeration Systems, Naval Ships Technical 
Manual, Chapter 516, S9086-RW-STM-010, Naval Sea Sys- 
tems Command. 

11 Refrigeration, American Society of Heating, Re- 
frigeration, and Air Conditioning Engineers Handbook. 

12 Heating, Ventilation and Air Conditioning 
Equipment Manual, Naval Sea Systems Command, De- 
partment of the Navy, S9512-BS-MMA-010. 

13 "Materials,” Code of Federal Regulations 46, Sub- 
chapter Q, Subpart 164, U.S. Coast Guard. 

14 "Insulated Felt, Thermal and Sound Absorbing 
Felt, Fibrous Glass, Flexible,” Military Specification MIL- 
1-22023. 

15 "Thermal Insulation Report,” SNAME Technical & 
Research Bulletin 4-7. 

16 "Acoustic Absorptive Board, Fibrous Glass, Cloth 
Faced,” Military Specification MIL-A-23054. 

17 “Insulated Board, Thermal Fibrous Glass,” Mili- 
tary Specification MIL-I-742. 

18 “Plastic Material, Unicellular (Sheets and Tubes),” 
Military Specification MIL-P- 15280. 

19 “Insulation Panel, Thermal and Acoustical Absorp- 
tive, Open-Cell Poly Foam,” Military Specification DOD- 
1-24688. 

20 "Adhesives, Fire Resistant, Thermal Insulation,” 
Military Specification M IDA-33 16. 

21 "Coating Compound, Fibrous Glass Thermal Insu- 
lated Board, Water Vapor Barrier,” Military Specification 
MI DC-19993. 

22 “Insulation, Plastic, Cellular Polyurethane, Rigid 
Preformed and Foam-N-Plaee,” Military Specification 
MIDI-24172. 

23 HVAC Applications, American Society of Heat- 
ing, Refrigeration, and Air Conditioning Engineers 
Handbook. 

24 “Code on Noise Levels on Board Ships,” Interna- 
tional Maritime Organization (I MO). 

25 "Report of Development of Estimating Method for 
Predicting Noise Originating in Air Conditioning System 
on Naval Vessels,” Project 5662-2 Naval Applied Science 
Laboratory. 


26 "Calculations for Merchant Ship Heating, Ventila- 
tion, and Air Conditioning Design,” SNAME Technical & 
Research Bulletin 4-16. 

27 Heating, Ventilating and Air Conditioning De- 
sign Criteria Manual for Surface Ships of The United 
States Navy, 0938-LP-0 18-00 10 Naval Sea Systems 
Command. 

28 International Convention for the Safety of Life 
at Sea (SOLAS) Regulations, International Maritime Or- 
ganization (IMO). 

29 “Elqptrical Engineering Regulations,” Subchapter 
“J”, U.S. Coast Guard. 

30 “Thermal Insulation Report," SNAME Technical & 
Research Bulletin 4-7. 

31 “Heat Transfer Coefficients,” NAVSEA Design 
Data Sheet, DDS 511-2, Department of the Navy. 

32 "Report on Ship's Stores and Installed Cargo Re- 

frigerated Boxes,” SNAME Technical & Research Bulle- 
tin 4-4. 4 

33 "Refrigerating Equipment for Storage Compart- 
ments — Heat Load Calculation and Selection,” NAVSEA 
Design Data Sheet DDS 516-1, Department of the Navy. 

34 The Commercial Storage of Fruits, Vegetables 
and Florist and Nursery Stock, Agricultural Handbook 
No. 66, U.S. Department of Agriculture, Market Quality 
Research Division. 

35 “Pressure Losses of Ventilation Fittings,” NAV- 
SEA Design Data Sheet 512-1, Department of the Navy. 

36 "A Method for Determining the Size of Ventilation 
Fittings,” NAVSEA Design Data Sheet DDS 512-2, De- 
partment of the Navy. 

37 “HVAC Duct System Design,” Sheet Metal and 
Air Conditioning Contractors National Association, Inc, 
(SMACNA), Vienna, Va. 

38 “Test Code for Air Moving Devices,” AMCA Stan- 
dard 210-67, Air Moving and Conditioning Association, 
Inc., Park Ridge, 111. 

39 R. C. Strasser and H, E. Parker, "The Acoustic 
Habitability of Ships,” Trans. SNAME, Vol. 72, 1964. 

40 Fan Engineering, Buffalo Forge Co., Buffalo, 

n.y. 

41 Handbook of Air Conditioning Design, Carrier 
Corporation, McGraw-Hill, New York. 

42 "Standard Specifications For Cargo Ship Construc- 
tion,” Maritime Administration. 

43 “Marine Engineering,” Code of Federal Regula- 
tions 46, Subchapter F (Subpart 50-6), U.S. Coast Guard. 

44 “Refrigeration Plants and Systems, Mechanical, 
and Refrigeration System Components, Dichlorodifluoro- 
methane, Type 12,” Military Specification MIDR-16743, 

45 “Refrigeration Unit, Centrifugal for Air Condition- 
ing,” Military Specification MIL-R-24085. 

46 Handbook of Automatic Controls, Alco Valve Co., 
St. Louis, Mo. 

47 “American Standard, Recommended Practice for 
Mechanical Refrigeration Installed on Shipboard,” Ameri- 
can Society of Heating. Refrigerating, and Air Condition- 
ing Engineers Standard 26-56. 


CHAPTER XXII 


Construction Materials 

Section 1 
Introduction 


Materials Staff, 
David Taylor 
Research Center 


The ocean has long been recognized as an aggressive 
and hostile medium that can cause material problems 
ranging from general-, galvanic-, pitting-, and crevice-cor- 
rosion, erosion, impingement attack, cavitation, and cyclic 
fatigue through a spectrum that includes marine fouling, 
and ice and wave impact The history of marine materials 
development has followed an evolutionary trend with ma- 
terials having performance limitations being continually 
superseded by superior replacements. For example, the 
19th century transition from wood to steel as a ship-con- 
struction material led the way for dramatic new ship de- 
signs that became both larger and more capable. Material 
innovations in the marine industry, however, can be intro- 
duced only when the proper conditions are in place to 
employ them. In that sense, material advancements can 
be viewed as an enabling technology for marine engineers 
striving toward objectives such as improved system per- 
formance, energy efficiency, safety, and extended service 
lives in the ocean environment. 

Marine engineers must have an understanding of not 
only conventional materials {such as mild steels, alumi- 
num alloys, and copper-nickel alloys) but also high-per- 
formance materials (such as high-strength steels, duplex 
stainless steels, titanium alloys, and nickel alloys) and, 
where appropriate, composite materials. Composite mate- 
rials are ideally suited for many shipboard applications; 


however, metals continue to be the principal materials of 
construction for marine machinery and equipment. 

Material selections involve considerations of cost, 
weight, availability, producibility, maintenance, life, and 
freedom from failures. Failures range from simple mal- 
functions to catastrophic destruction. The complete frac- 
ture of metal components from gross overstress (e.g., 
overtorqued bolts or accidental overloads) is easily under- 
stood. The majority of metal failures are more subtle and 
are attributable to wear, seizure, repeated stressing (fa- 
tigue), mechanical shock (impact), creep, stress rupture, 
embrittlement, corrosion, or the combined action of stress 
and corrosion (stress corrosion, corrosion fatigue). Be- 
cause of the chainlike reaction that can occur when one 
part fails in a complex piece of machinery, the cause of a 
failure is often not easily identified. 

The selection and application of materials for marine 
equipment can be governed by specifications and stan- 
dards developed by regulatory bodies and technical socie- 
ties [1-12]* 

This chapter is oriented principally to the aspects of 
materials technology that are of primary interest to a 
practicing marine engineer* Complementing this chapter, 
detailed discussion concerning the materials used in the 
construction of ship structure , welding procedures, and 
nondestructive test technology is presented in the Soci- 
ety's companion text Ship Design and Construction [13]. 


Section 2 

Corrosion of Metals 


2,1 Typetof Corrosion. There are many forms of cor- 
rosion. Corrosion in the form of direct chemical attack, 
without the presence of an electrolyte, is one general type 
of corrosion. It can occur from reaction with certain chem- 
icals, such as chlorine and sulfur. In such cases the avoid- 
ance of corrosion involves the elimination of the eorrodant. 
or the selection of a material with an inherent resistance 
to the eorrodant. Direct chemical attack also can occur 
from hot gases such as those encountered on the firesides 
of boilers and in gas turbines. These cases may result 
from fuel constituents such as sulfur or vanadium, or 


from salt contamination in the fuel or combustion air; 
reducing the corrosive constituents, lowering of operating 
temperatures, and selecting more resistant materials are 
the solutions most frequently implemented. 

Another general type of corrosion occurs by electro- 
chemical attack in the presence of an electrolyte. Seawa- 
ter in the form of liquid and mist is the most common 
electrolyte encountered aboard ship and is responsible for 
the most complicated and troublesome corrosion prob- 
lems, The reasons for this are the great chemical activity 
and high conductivity of seawater as compared to other 
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Table 1 Corrosion performance of copper alloys, stainless 
steel, and titanium alloys in natural and polluted 
seawater 


Stainless Titanium Alloys 
Corrosion Mode Copper Alloys Steel (316) (Gr 1 T 2 , 3, 5, 0) 


General corrosion 

Crevice corrosion 
Pitting attack 
Stress corrosion 

Corrosion fatigue 
Galvanic attack 
Microbial/ influ- 
enced corrosion 
Weld/HAZ cor- 
rosion 

Erosion corrosion 
Stray current 


resistant/ sus- 
ceptible" 
susceptible 
susceptible 
susceptible* 

susceptible 

susceptible 

susceptible 

susceptible 

susceptible 

susceptible 


resistant 

resistant {<200 F) 
immune 

resistant (except 
Grade 5) 
resistant 
immune 

immune 

resistant 
highly resistant 
fairly resistant 


resistant 

susceptible 
susceptible 
susceptible 
(>140 F) 
susceptible 
susceptible 

susceptible 

susceptible 

susceptible 

susceptible 


" Dependent on pollution level and seawater chemistry. 


electrolytes such as fresh water, the wide assortment of 
environmental and material variables that affect seawa- 
ter corrosion of metals, and the wide variety of forms in 
which deterioration can occur. Other electrolytes leading 
to electrochemical attack aboard ship usually involve 
rather specific environmental circumstances and materi- 
als of construction* 

2*2 Seawater Corrosion. The nature and extent of 
metal corrosion caused by exposure to seawater depends 
on the alloy and its compositional and heat treatment vari- 
ations. Of equal importance are environmental variations 
such as degree of aeration, extent of seawater exposure 
(continuous immersion, tidal immersion, splash/spray ex- 
posure, or marine atmospheric exposure), fouling, dissimi- 
lar-metal couples, velocity, turbulence, cavitation, temper- 
ature, and crevices. A general summary that ranks the 
corrosion performance of copper alloys, 316 stainless 
steel, and titanium alloys in natural and polluted seawater 
is given in Table 1. The various types of corrosion that 
can occur in a seawater environment are described in the 
following. 

a. General corrosion (uniform attack). General 
corrosion can be classified as a uniform attack of a metal 
or alloy surface. Materials such as copper alloys and 
weathering steels generally corrode uniformly. This is 
in contrast to the significant forms of electrochemical 
degradation of a metal, which are typically related to se- 
vere localized attack rather than to excessive rates of 
general corrosion. When general corrosion is of concern, 
it can usually be controlled with paints, metallic coatings, 
cathodic protection (sacrificial anodes or impressed-cur- 
rent systems), or by the selection of more resistant materi- 
als [14]. 

b. Galvanic corrosion. Galvanic corrosion occurs 
when two dissimilar metals are electrically coupled in the 
presence of an electrolyte such as seawater. Current will 
flow through the electrolyte from the anodic material to 
the cathodic material. The corrosion resulting from this 
"battery effect” is known as galvanic corrosion. Usually, 
corrosion of the anode is accelerated, and corrosion of the 
cathode is decelerated. 


A galvanic series is a useful means of assessing gal- 
vanic corrosion tendencies between two dissimilar metals. 
A galvanic series is a listing of open-circuit potentials of 
metals and alloys in an electrolyte as measured with a 
specific reference electrode. Table 2 is such a listing of 
metals in seawater, measured versus a saturated calomel 
reference electrode. The galvanic series is arranged in 
approximate order from the most anodic (or least noble) 
in behavior (magnesium alloys) to the most cathodic (or 
most noble) in behavior {graphite, graph itized cast iron). 
The listmgtts not exact, as relative positions may change 
due to variations such as water velocity, temperature, and 
metal passivity. In general, the farther apart two metals 
are in the galvanic series, the greater is the potential for 
galvanic corrosion to occur. 

Although the difference in potential between two dis- 
similar metals in a galvanic couple is the driving force 
for galvanic corrosion, other factors such as polarization 
behavior, fcathode/anode area ratios, distance, and geome- 
try affect the magnitude of the galvanic corrosion. When 
current begins to flow between two metals in a closed 
circuit, polarization occurs due to reactions at the metal- 
liquid interfaces* Polarization is a shift from the open* 
circuit corrosion potential of a metal that results due to 
current flow. Upon galvanic coupling, the potential of one 
member of the couple tends to shift toward the other* The 
magnitude of the shift in potential is dependent on the 
polarization behavior of the metals in the galvanic couple* 
If the cathodic metal in the galvanic couple is easily polar- 
ized, then its potential is shifted toward the anodic metal, 
which reduces the shift in the anodic potential and thus 
reduces the magnitude of the galvanic corrosion occurring 
at the anode. If, however, the cathodic metal in the couple 
is not easily polarized, then the potential of the anodic 
metal shifts farther toward the cathodic potential and 
results in more significant galvanic corrosion of the anodic 
material 

The suitability of a dissimilar-metal couple in practice 
may depend on the relative areas of the anode and cath- 
ode. If the anode is small and the cathode is relatively 
large, the anode may suffer an unacceptable rate of dete- 
rioration. On the other hand, if the cathode is small and 
the anode large, the corrosion and average penetration 
rate of the anode may remain at a tolerable level For 
example, Monel bolts in a large steel plate might be ac- 
ceptable, whereas steel bolts in a large Monel plate would 
not be acceptable. 

Occasionally, circumstances may dictate that dissimilar 
metals be coupled with an undesirable cathode/anode area 
ratio. In such cases it may be possible to reduce corrosion 
of the anode by corrosion protection with paint. The paint 
should not be applied to the anode, however, because expo- 
sure of the anode at any imperfection in the paint film 
would result in an even more unfavorable cathode/ anode 
area ratio and concentration of the galvanic current at the 
point of imperfection in the paint* Although the cathode 
is not the metal requiring protection, painting the cathode 
would proride a more favorable cathode/anode area ratio 
and a reduction of galvanic curren t; any eorrosion of the 
anode would be distributed over the entire anode surface 
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Fig. 1 Gal vanicolly induced corrosion of a monel nut coupled to a stain* 
less steel shaft and impeller 


instead of being concentrated at one location. The same 
line of reasoning leads to a warning against the applica- 
tion of noble metal coatings on a less-noble base metal: 
for example, chromium plating on carbon steel. If the 
coating contains an imperfection or holiday, the large 
cathode/anode area ratio can cause severe and rapid cor- 
rosion of the base metal in the localized area of the imper- 
fection [14]. 

Figure 1 is an example of galvanic corrosion that oc- 
curred as a result of using monel nuts to couple a stainless 
steel impeller to a shaft The upper nut is in the original 
condition, whereas the lower nut reflects the result of 
severe galvanic corrosion after 34 months of exposure of 
the nut (anode) and the impeller (cathode) in a seawater 
environment* The corrosion was exacerbated because of 
the relatively large (in terms of both area and mass) stain- 
less steel impeller relative to the monel nuts. 

Table 2 provides approximate guidance concerning the 
acceptability of various metal couples in seawater at 40 
to 80 F as a function of relative cathode/anode area ratio. 
The ratings tend to be conservative and any uncertainties 
are generally indicated in the safe direction. However* 
due to variations in oxygen content, temperature, velocity, 
metal passivity, and turbulence, the ratings can only gen- 
erally apply* This is particularly so for the couples marked 
with “X” (uncertain) and "C* 1 (compatible)* Those marked 
with “U” (unfavorable) should certainly be avoided. 

Both distance and geometry effects can also have a 
substantial influence on galvanic-corrosion behavior. In 


general, the magnitude of galvanic corrosion is lessened 
as the distance between the anodic and cathodic members 
of the couple increases. Geometry influences galvanic- 
corrosion behavior in that current flow in the couple takes 
the path of least resistance [14]* 

Additional guidance for the protection of coupled dis- 
similar metals in seawater and the marine atmosphere can 
be found in Military Standard 889 [15]. 

c. Pitting corrosion* Pitting corrosion is a form of 
localized attack that occurs due to the breakdown of pas- 
sivity on a metal surface* Once the passive layer is pene- 
trated, an unfavorable electrolytic cell is set up between 
the small anodic area where the breakdown occurred (pit 
sites) and the large passive area on the remainder of the 
metal surface. Pitting corrosion is a very serious form of 
deterioration due to the fact that the severity of pitting is 
extremely difficult to predict. Factors that influence the 
breakdown of passivity include local environmental differ- 
ences in oxygen, temperature, pH, chloride ion concentra- 
tion, and flow velocity as well as physical or chemical 
inhomogeneities in the passive film [14,16,17]* 

Severe pitting of aluminum alloys in seawater is often 
associated with local electrolytic cells formed between 
the more anodic aluminum matrix and the more cathodic 
heavy-metal alloying elements such as copper, nickel, and 
iron. For this reason, the aluminum alloys with lower 
heavy-metal contents, such as some of those in the 5000 
series, generally have the best resistance to seawater cor- 
rosion. However, even these alloys may suffer accelerated 
attack if the water contains heavy-metal ions: for exam- 
ple, copper leached from antifouling paints [16,18]. 

Stainless steels are often more susceptible to severe 
pitting than less-noble metals such as carbon steel This 
is because the corrosion resistance of the stainless steel 
is associated with a protective passive oxide film, and any 
local breakdown of the film exposes a local active (anodic) 
area* If the film cannot reform, the potential difference 
between the active and passive areas then causes acceler- 
ated attack at the location of the film breakdown. The 
chloride ion in seawater is especially aggressive in pene- 
trating the passive film on these materials [18]. 

d. Crevice corrosion. Crevice corrosion is a severe 
form of localized corrosion that results from concentra- 
tion-cell effects* Crevices may be formed by the compo- 
nent geometry (i.e*, a weld defect or a threaded joint), by 
contact of the metal surface with a nonmetallic material, 
or by deposits accumulated on the metal surface. The 
deposits may be in the form of corrosion products, sand, 
dirt, or marine organisms such as barnacles [14,19,20]* 

Localized corrosion can occur either inside or outside of 
the crevice area* The crevice corrosion of some metals, 
such as austenitic stainless steels and many of the nickel- 
base alloys, occurs within the crevice area. The chloride 
ion in seawater can penetrate the protective oxide film, 
creating an active surface within the crevice area that 
attempts to repassivate by combining with oxygen dis- 
solved in the entrapped water. When the oxygen in the 
crevice is depleted* film repair is no longer possible, and 
a galvanic cell results between the active surface within 



Table 2 Probable behavior of galvanic couples in seawater at 40 to 80 F where the exposed area of the metal under consideration (In the left-hand 
column) is relatively SMALL (S), approximately EQUAL (E), or relatively LARGE (L) compared with the area of the metal with which it may be coupled (as shown by 
the numbers at the top of the columns). The numbers at the top of the columns denote the same metals as given by the same numbers in the left-hand column. 

For example, the number 5 in both cases indicates cadmium. See text for precautions in use 


U = UNFAVORABLE — normal deterioration 
of either material may be increased 
moderately or severely* 

1 Magnesium Alloys (!) 

2 Zinc (1) 

3 Beryllium 

4 Aluminum Alloys (1) 

5 Cadmium 

6 Mild Steel, Wrought Iron 

7 Cast Iron, Flake or Ductile 

8 Low Alloy High Strength Steel 

9 Ni-Resist, Types 1 & 2 

10 Naval Br. (CA4G4), Yel. Er. (CA268), 

AL Br. (CA687), Red Br. (CA230), 

Adm'ty Br. (CA443), Mrv Bronze 

11 Tin 

12 Copper (CA102, 110), Si Bronze (CA655) 

13 Lead-Tin Solder 

14 Tin Bronze (C & M) 

15 Stainless Steel, 12-14% Cr (AISI Types 410, 416) 


X = UNCEUTLLN — direel ion mul /or magnitude 
of t fleet, oi normal behavior may vary, 
depend! i g on circumstances. 


C = COMPATIBLE — deterioration of either 
material is normally within tolerable 
limits. 
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Nickel Silver (CA 732, 735, 745, 752, 764, 770, 704) 
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90/10 Copper-Nickel (CA 70G) 
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80/20 Copper-Nickel (CA 710) 
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Stainless Steel, 10-18% Cr (AISI Type 430) 
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70/30 Copper-Nickel (CA 715) 
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Nickel Aluminum Bronze 
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Stainless Steel, 18Cr, 8Ni (AISI Types 302, 304, 
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Monel" Alloys 400, IC5G0 
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a International Nickel trademark Union Carbide Corp* Ira demark c The Carpenter Steel Co. trademark 

CA — Alloy designation of the Copper Development Association, 

AISI — Alloy designation of the American Iron and, Steel Institute* 

(1) —Compositions other than those formulated for galvanic anodes, v 

(Prepared with use of copyright information released by l he International Nickel Com par y Jin;.) 
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Fig. 2 Seawater crevice corrosion of an austenitic stainless steel (attack 
within crevice) 


Fig. 3 Seawater crevice corrosion of a copper-base alloy (attack outside 
crevice) 


the crevice and the passive surface on the outside. A sec- 
ond ceil results from the difference in oxygen content 
between the inside and outside of the crevice. Both cells 
tend to accelerate corrosion of the alloy within the crevice 
area [18,21], An example of corrosion inside a crevice is 
shown in Fig. 2, 

Crevice corrosion of other metals, such as some of the 
copper-base alloys, occurs just outside the crevice area. 
In this case, corrosion in the crevice causes saturation 
of the entrapped water with copper ions, which impedes 
further corrosion in the crevice area. The difference in 
copper-ion concentration between the inside and outside 
of the crevice results in a local cell tending to accelerate 
corrosion around the outside edges of the crevice [21]. An 
example of corrosion outside a crevice is shown in Fig. 3. 

Another example of corrosion occurring inside a crevice 
is illustrated by Fig. 4. The crevice corrosion is on a type 
304 stainless steel plate. The plate was in a seawater 
environment, and crevice corrosion occurred beneath bar- 
nacles that became attached. 

e. Erosion corrosion. Erosion corrosion is a general 
term that relates to an increase in the rate of deterioration 
on a material surface as a result of the abrasive action 
of a moving fluid such as seawater. Impingement and 
cavitation are forms of erosion corrosion that also involve 
velocity conditions. Impingement occurs when there is a 
local impingement of a moving fluid like seawater against 
a solid material surface. Cavitation damage occurs when 
vapor bubbles form and collapse in a fluid near a solid 
material surface [17]. 

As the seawater velocity increases beyond 2 to 3 fps, 
the fouling on a metal surface generally diminishes and 
pitting of the more noble metals (such as the austenitic 
stainless steels and many nickel-base alloys) decreases or 
disappears. This trend continues provided that the system 
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Fig. 4 Crevice corrosion beneath barnacles attached to Type 304 stainless 
steel exposed In seawater 


design details do not create mechanical crevices that are 
capable of entrapping stagnant water. 

Contrary to the noble metals, the protective capabilities 
of the copper-base alloys diminish as the seawater velocity 
is increased, which leads to an increase in the general rate 
of corrosion. The critical velocity for pure copper, beyond 
which excessive corrosion occurs on the metal surface, is 
3 fps in seawater. Alloying the copper with elements such 
as nickel or aluminum substantially increases the alloy's 
resistance to corrosion under velocity conditions [14,21]. 

Copper alloys are often used at velocities in excess of 
their known critical velocity; specific examples include 
pump casings, impellers, and propellers where the wall 
thicknesses are such that moderate corrosion rates can be 
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tolerated. Under severe conditions where the tolerance 
for corrosion is limited, protective coatings, liners, more 
noble materials, and nonmetallic construction materials 
should be considered along with their relative costs when 
establishing the material-selection criteria [22]. 

All titanium alloys have an exceptionally high resist* 
ance to seawater flow (to velocities in excess of 100 fps), 
impingement, turbulence, and cavitation [21,22]. In sand 
and emery particle-laden seawater, erosion-corrosion re- 
sistance to an approximately 20-fps velocity has been ob- 
served [23], The harder, higher-strength titanium alloys 
such as Grade 5 have optimum seawater erosion and cavi- 
tation resistance, making them especially attractive for 
the most severe cases of seawater impmgement/cavita- 
tion exposure. These include critical hydrofoil compo- 
nents, propulsion components, propellers, and pumps 
[14,22], 

Composite materials have an excellent erosion-corro- 
sion resistance in high-velocity seawater under all condi- 
tions except severe cavitation erosion. A series of high- 
velocity tests was conducted on epoxy, vinylester, pheno- 
lic, and polyester-reinforced thermosetting resins in sea- 
water flowing from 0 to 130 fps. The materials were tested 
under impingement, parallel-flow, androtating-disk condi- 
tions. The results of the three tests showed that the corro- 
sion performance of the composites evaluated was supe- 
rior to that of gun metal bronze. However, severe 
cavitation erosion tests conducted on the same materials 
showed the performance of the composite materials to be 
inferior to the performance of the gun metal bronze [24]. 

For tubes and pipes carrying seawater, the water veloc- 
ity alone is not necessarily the most important limiting 
factor insofar as material degradation is concerned. More 
frequently, serious degradation occurs locally as a result 
of impingement and cavitation erosion associated with 
regions of turbulence [25]. For example, the effects of 
excessive water velocity first become apparent at the inlet 
ends of condenser tubes or in pipes in the turbulent-flow 
region immediately downstream of fittings before 
smooth -flow conditions have become established. In these 
turbulent areas, the protective films can be continuously 
stripped away, leaving an active surface on which corro- 
sion may be accelerated by galvanic currents set up by 
the surrounding passive surfaces. 

Poorly fitted gaskets, elbows, valves, or any obstruc- 
tion that creates turbulence can lead to an accelerated 
attack of piping material when the water velocity ap* 
proaches the smooth-flow tolerance of the alloy. Thus, 
designing for streamlined flow can be advantageous- 
However, this is seldom possible throughout a system, so 
selection of the proper alloy remains important. 

Globe valves are a common source of turbulence in 
seawater piping systems. Figure 5 illustrates typical 
downstream deterioration of a 70/30 Cu-Ni pipe that re- 
sulted from excessive water velocity within a globe valve. 
The perforation damage shown in Fig. 5 occurred after 
1.3 years at 15-fps water velocity in a 70/30 Cu-Ni pipe 
containing less than 0.1% iron. If the copper-nickel alloy 
had contained about 0.5% iron, the pipe would have experi- 
enced minimal damage after several years of operation. 



Fig. 5 Impingement attack of a seawater pipe in the turbulent area dowrv 
stream of a globe valve 


The higher iron content would have provided a more effec- 
tive protective film to prevent corrosion. This example 
illustrates the importance of care in the selection and 
specification of materials. 

Another example of erosion corrosion is illustrated by 
Fig. 6. This figure shows a silicon-bronze simplex strainer 
housing that perforated because of turbulence in the 
housing area surrounding the entrance to a bypass valve. 
The turbulence was created by a clogged filter element, 
which caused the seawater flow to be diverted through 
the restricted opening of the bypass valve. An improved 
filter design would help to reduce dogging, thus reducing 
the probability for erosion corrosion of the housing. This 
example highlights the importance of proper design to 
prevent accelerated corrosion of metallic components. 

f. I titer granular corrosion or selective-phase corro- 
sion. Intergranular corrosion can take several forms: 

Graphitic corrosion is a type of corrosion common to 
gray cast irons, although not to austenitic nickel cast 
irons. An example of this type of corrosion is shown by 
Fig. 1, The iron corrodes away, leaving a residue of the 
free carbon (graphite) that gives gray cast irons their 
name. The residue retains the original shape of the part 
but has no significant mechanical strength [17]. 

Dezincification is another type of selective corrosion 
common to brasses containing more than 15% zinc. The 
commonly accepted theory for dezincification consists of 
the brass dissolving, the zinc ions remaining in solution, 
and then the copper redepositing. The result is a part 
retaining its original shape but containing a porous, red- 
dish*copper deposit of little strength. Muntz metal, naval 
brass, Admiralty metal, and aluminum brass are subject 
to dezincification in seawater unless inhibited grades are 
specified, in which inhibiting elements such as arsenic, 
antimony, or phosphorous are added to the brass [17]. 

Dealuminization is a type of selective-phase attack 
occurring in some aluminum bronzes, particularly cast 
alloys containing more than 8% aluminum. An example 
of dealuminization is illustrated by Fig. 8. The attack is 
associated with selective corrosion of a fine network of 
an aluminum-rich “gamma phase” in the micros true tore 
of the alloy. Dealuminization can be controlled either by 
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Ftg. 6 Erosion corrosion of o silicon-bronze strainer housing 



Fig. 7 Graphitic corrosion in a gray cast iron seawater pipe 


adding nickel to a level exceeding 3,5% or by heat treating 
to produce an alpha H- beta microstructure. Dealuminiza- 
tion can be particularly insidious because the corroded 
gamma phase can occupy such a minor part of the alloy’s 
volume that there may be no outward appearance of corro- 
sion. The attack is evident only on fractured surfaces, yet 



Fig, B Seowoter dealuminizotion of o cost aluminum bronze 



Fig. 9 Exfoliation corrosion of 5456- H3 2 1 aluminum alloy 


the alloy may have suffered a drastic loss of strength and 
ductility [14]. 

Intergranular corrosion of austenitic stainless steels 
is another form of selective attack. The carbides in steels 
sensitive to this form of deterioration tend to precipitate 
at grain boundaries when the steels In the annealed condi- 
tion are reheated into the 800 to 1600 F range. Such tem- 
peratures are reached in the heat-affected zones (HAZs) 
adjacent to welds. Preferential corrosion can then occur 
along the grain boundaries. This type of attack can be 
avoided by using low -carbon (0.03% maximum) grades of 
the alloys, by using stabilized grades (containing titanium 
or columbmm}, or by putting the precipitated carbides 
back into solution by quench cooling (annealing) from 
above 1950 F [17,18], 

Exfoliation (delamination) is a special form of selec- 
tive-phase attack that proceeds along narrow paths run- 
ning parallel to the metal surface. Generally, the corrosion 
occurs at the grain boundaries, causing corrosion prod- 
ucts to form that force the metal away from the bulk of 
the material and produce a layered appearance. If the 
corrosion products are voluminous, internal pressure may 
cause blistering of the external surface [14,26], An exam- 
ple of exfoliation corrosion is shown in Fig. 9. 

If it is necessary to use an alloy with susceptibility to 
exfoliation, it is desirable to prevent exposure of the cross 
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section to the corrodant. Sometimes this can be accom- 
plished by “buttering"’ the edge with weld metal On the 
other hand, pitting of the surface eventually may cause 
penetration to the nonresistant phase. When this occurs, 
the corrosion can proceed rapidly beneath the surface by 
a tunneling effect. 

g. Stress corrosion. Stress corrosion is a form of 
local deterioration resulting from the combined action of 
stress and corrosion, which leads to cracking of the alloy 
[27], The mechanisms by which it occurs are not com- 
pletely understood and depend on the specific alloy, envi- 
ronment, and stress state. 

Stress-corrosion cracking occurs only in the presence 
of tensile stresses. These may be applied, residual, ther- 
mal, or welding stresses. There is some evidence, though 
debatable, that a “threshold stress"’ exists below which 
stress corrosion will not occur. However, it can be danger- 
ous to design on this basis because the degree of residual 
stress is seldom known, and because local corrosion pits or 
other discontinuities can serve as sources of unanticipated 
stress concentration [14,17]. 

Structural steels are not considered to be susceptible to 
stress corrosion cracking in marine environments. How- 
ever, steel alloys with yield strengths greater than 100 
ksi are generally considered to be susceptible to a form of 
environmentally assisted degradation known as hydrogen 
embrittlement [28], While this is a general rule of thumb, 
it has been shown that microstructural constituents as 
well as strength level are known to play a role in the 
hydrogen embrittlement susceptibility of a given alloy 
[28,29]. Therefore, alloys with yield strengths lower than 
100 ksi may also be susceptible to hydrogen embrittle- 
ment. The application of cathodic protection is a widely 
used technique for controlling the general corrosion of 
steels in marine environments. While this is an effective 
technique for that purpose, it should be recognized that 
hydrogen embrittlement may be exacerbated because of 
the production of hydrogen at steel surfaces. 

Numerous high-strength aluminum alloys, particularly 
in the 2000 and 7000 series of alloys, are susceptible to 
stress corrosion in seawater. The direction and rate of 
crack propagation can be highly dependent on the direc- 
tion of the applied stress in relation to directional micro- 
structural variations or “texturing" 1 associated with roll- 
ing operations [14,26]. 


Some titanium alloys can stress corrode in seawater. 
An example is Ti-7Al2Cb-lTa alloy, in which the stress- 
corrosion susceptibility is associated with tendencies to- 
ward formation of submicroseopic Ti 3 Al precipitates in 
the structure. Immunity to stress corrosion in this alloy 
can be accomplished by lowering the aluminum to 6% 
and adding 1% molybdenum to suppress the formation of 
titanium-aluminum [30]. 

Titanium alloys that do stress-corrode in seawater usu- 
ally will not do so in the absence of a stress concentrator 
such as a crack or corrosion pit. Since titanium alloys 
are practically immune to all forms of marine corrosion, 
including pitting, the existence of stress-corrosion tenden- 
cies was not recognized for many years; it was noted 
only when sharply notched specimens were exposed to 
seawater and found to support smaller loads than similar 
specimens exposed to air [14,20,21]. 

The common grades of austenitic stainless steels such 
as AISI Types 304 and 316 are especially susceptible to 
stress-corrosion cracking in chloride-containing solutions 
at elevated temperatures [14,17,31]. 

h. Corrosion fatigue. Corrosion fatigue, which re- 
sults from the combined action of a corrosive environment 
and cyclic stress, is covered in Section 3. 

2.3 Cathodic Protection. Cathodic protection is a cor- 
rosion-control method that is sometimes used to provide 
partial or complete control of electrochemical corrosion 
problems. One method involves the installation of sacrifi- 
cial anodes (zinc, magnesium, or iron) that are electrically 
coupled to the metal to be protected. The anodes preferen- 
tially corrode and either reduce or eliminate corrosion of 
the more cathodic metal. Another method involves the use 
of an impressed-current system with an external power 
source; the anode in this system is usually an inert mate- 
rial, such as platinum, to prevent its consumption 
[14,17,18,32]. Impressed-current systems are not often 
used for the protection of machinery and auxiliary equip- 
ment handling seawater aboard ship because of difficult- 
ies in voltage control and current distribution on protected 
surfaces; however, impressed-current cathodic-protection 
systems are used extensively on external hull applica- 
tions. 


Section 3 
Fatigue 


3.1 Fatigue Fracture. The term “fatigue 1 " as used 
herein refers to the failure of a component under the 
action of repeated stress. Fatigue is probably responsible 
for as many as 80% of all machine-part failures. Of these, 
failures caused by bending forces are the most prevalent 
type, with the torsion type next, and the axial type seldom 
occurring. However, service conditions usually involve 
combinations of variable- and steady-state stress. 


Figure 10 shows a typical fatigue fracture. In many 
instances such failures are easy to recognize because of 
distinctive characteristics associated with fracture ap- 
pearance. These are a “flat, brittle"" appearance of a large 
portion of the fracture, and “beach marks"" or “oyster 
shell” markings, which focus on the origin or nucleus of 
failure. However, the absence of such markings does not 
necessarily eliminate fatigue as a cause of failure inas- 
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Ftg. 10 Fatigue failure of a manganese bronze propeller blade 


much as the level and kind of loading, temperature, and 
environment can affect fracture appearance greatly and 
may make diagnosis on the basis of appearance alone 
impossible. In such cases the use of an electron micro- 
scope to examine the fracture surfaces at high magnifica- 
tions may be helpful* 

Fatigue failures are progressive, beginning as minute 
cracks that grow under the action of the fluctuating 
stress* Failure usually consists of three distinct stages, 
namely, crack initiation, slow crack propagation, and rapid 
terminal fracture. If a crack is not present initially, a 
certain number of stress cycles will be consumed in gener- 
ating a crack from a “stress raiser” to a size sufficient 
to be visible to the unaided eye or to be detectable by 
nondestructive inspection. The crack will continue to grow 
in size with each stress cycle, usually at an increasing rate, 
until the remaining section is no longer able to support the 
load* Complete fracture then occurs instantaneously. The 
terminal fracture may be ductile or brittle depending on 
the material and surrounding conditions* 

3.2 Cyclic Stress and Strain. Figure 11 shows the 
stress-strain relationships likely to develop under cyclic 
loading conditions. The relationship in Fig. 11(a) occurs 
when the applied force or moment is completely reversed 
but within the elastic region. S t is the total stress range 


and t t the total strain range. Figure 11(6) shows the rela- 
tionship that develops under reversed loading into the 
plastic region. The stress-strain relationship is no longer 
linear, but follows the hysteresis loop BCDEB during each 
cycle after initial loading along OAB. 

Failure by fatigue at finite numbers of stress cycles, 
i.e*, less than 5 X 10 s , is called low-cycle fatigue* There is 
general agreement among investigators that the high- 
cycle fatigue performance of metallic materials is related 
to tensile strength, whereas low-cycle fatigue perform- 
ance is refeted to tensile ductility* Accordingly, the 
amount of cyclic strain that a material undergoes becomes 
the dominant factor in low-cycle fatigue* Although subse- 
quent sections may make a distinction between high- and 
low-cycle fatigue, it is desirable in evaluating materials to 
consider the broad spectrum of fatigue behavior ranging 
from abouf 10 s to 10 8 cycles* 

Data from fatigue tests are usually reported as S-N 
diagrams, such as illustrated by Fig. 12. The fatigue or 
endurance limit in this case is disclosed by a definite break 
in the curve. In the low-cycle region, the curve in Fig* 12 
tends to flatten out if the nominal stress continues to be 
used as the independent variable* This is because stress 
and strain are no longer linearly related. Accordingly, 
small changes in nominal stress are accompanied by large 
changes in strain* As mentioned previously, strain, not 
stress, is the controlling factor in low-cycle fatigue* 

To place the full spectrum of fatigue life on a common 
basis, strain measurements frequently are converted to 
“stress” values by multiplying the strain data by the mod- 
ulus of elasticity, £T* This fictitious elastic stress is called 
“strain-based stress” and is designated by the symbol S t . 
The advantage of this approach is that it permits low- 
cycle fatigue data to be presented as a “stress,” even 
though the measured parameter is strain. The disadvan- 
tage is that unrealistically high stress values are obtained 
in the very-low-cycle region* 

Figure 13 shows the broad-spectrum fatigue behavior 
of two steels with markedly different yield strengths. The 
solid lines compare the steels under ideal conditions, i*e., 
a smooth surface in a noncorrosive environment* As men- 
tioned previously, the high-cycle fatigue life under these 
conditions is related to the strength properties of the 
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Fig. 12 Typicd high -cycle S-N dog ram 


steels* Thus, the fatigue limit of the 200,000-psi steel is 
considerably higher than that of the 40,000-psi steel. How- 
ever, the curves cross each other in the low-cycle region* 
The higher tensile ductility of the 40,000-psi steel is condu- 
cive to higher fatigue strengths in the very-low-cycle re- 
gion, where strain deformation is the principal controlling 
factor. 

The dashed curves in Fig. 13 depict the performance of 
the two steels under adverse conditions, i*e., a stress 
raiser in a corrosive environment* Behavior of the two 
steels is similar despite the large difference in static 
strength properties* Under such conditions, there would 
be no advantage in selecting the more expensive, higher- 
strength steel* 

3*3 Factors Affecting Fatigue Life. 

a* Stress raisers. Practically all fatigue failures 
start at a stress raiser (stress concentration) on the sur- 
face of a part. The majority of stress raisers fall into one 
of the following broad groups: 


* Those caused by changes in the geometry of a part, 
such as steps at changes in diameter, abrupt corners, 
holes, keyways, threads, press or shrink fits, or junction 
of bolt shanks and heads. 

* Surface discontinuities such as nicks, notches, ma- 
chining marks, pitting, and corrosion. 

* Defects inherent in the material such as non metallic 
inclusions, local discontinuities, minute cracks, and voids. 

The ability of a discontinuity to concentrate stress is 
dependent upon its shape and size* Cracks have the high- 
est stress-concentrating effect, whereas generous fillets 
with a smooth, polished surface have the lowest* Analyti- 
cal methods have been developed for calculating the 
stress-concentrating effects of discontinuities based on 
geometry, dimensions, and assumed elastic behavior. The 
effect arrived at in this manner is called the theoretical 
“stress-concentration” factor K t [33]. However, the actual 
effect of a given stress concentration may vary both 
within and among materials. By means of tests it is possi- 
ble to establish the reduction in fatigue strength caused 
by a particular stress-concentration factor for a particular 
material at a particular strength level* By comparing 
these data with unnotched (smooth) test data, one can 
arrive at the so-called fatigue notch factor Kf From K t 
and A^the notch sensitivity index, q f of the material can 
be calculated as follows: 



For most metals the notch sensitivity tends to increase 
with increasing strength. Thus, in the presence of sharp 
notches ( K ( > 3), it is not unusual to find little or no 
advantage for higher-strength materials. 

b* Maximum and mean stresses* The maximum ten- 
sion stress or strain developed in a stress cycle has an 



Fig. 13 Broad-spectrum fatigue results for two steels 
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important bearing on fatigue life. In general, in the high- 
cycle region, the permissible alternating stress decreases 
with an increasing mean stress. Through the use of math- 
ematical or diagrammatical relationships, such as the 
Goodman diagram or the Haigh-Soderberg diagram, it 
is possible to convert combined-stress conditions to an 
equivalent, completely reversed, stress condition. 

The influence of mean stress decreases with decreasing 
fatigue life, and when the alternating stress equals or 
exceeds the yield strength, the mean stress becomes zero. 
Accordingly, whether or not mean stress is an important 
factor in low-cycle fatigue depends upon the yield 
strength of the material. In high-strength materials, it 
may be necessary to consider mean-stress effects at fa- 
tigue lives ranging down to 100 cycles. 

c. Residua) stresses. Residual stresses may be ei- 
ther favorable or unfavorable insofar as fatigue life is 
concerned. Fatigue cracks initiate and propagate only in 
a tens ile -stress field. Therefore, tensile residual stresses 
are usually detrimental to fatigue life, whereas compres- 
sive residual stresses are beneficial. Nearly all fatigue 
failures initiate at the surface. Accordingly, processes 
that introduce compressive stresses in the surface layers 
of a machine part can be effective in improving fatigue 
performance. 

The most commonly used metallurgical processes for 
increasing fatigue resistance are case carburizing, nitrid- 
ing, or carbonitriding. In these processes, carbon or nitro- 
gen or both are diffused into the surface layers of the 
part. When properly applied and heat treated, the resul- 
tant metallurgical structure in the diffused layer occupies 
a greater volume than that of the parent metal The 
greater volume causes compressive residual stresses. 

Compressive residual stresses can also be introduced 
by cold working the surface material by such techniques 
as hammer peening, shot peening, and cold rolling. To 
produce the desired effects, it is necessary that the stress- 
ing technique plastically deform the surface layers of the 
metal. 

The benefits in fatigue of surface cold-working tend to 
decrease with increasing yield strength and decreasing 
fatigue life. There are probably three reasons for the 
decrease with increasing yield strength: the higher forces 
required to deform the surface metal result in a shallower 
layer; the notch sensitivity of both the deformed and unde- 
formed metal is high; and the lower ductility of the high- 
strength material is conducive to cracking induced by 
some stressing techniques. 


Unfavorable residual stresses, i.e., surface tensile 
stresses, originate principally from heat treatment, weld- 
ing, misfits, and cold forming. It is possible to relieve 
unfavorable residual stresses in metals by a so-called 
stress-relieving heat treatment and thus improve fatigue 
resistance. This treatment requires that the materials be 
heated to elevated temperatures. The applicability of a 
stress-relieving treatment is limited by facilities for han- 
dling large structures and by the fact that the tempera- 
ture required for stress relief may have a detrimental 
effect on (Jtther properties such as yield strength and im- 
pact resistance. 

d. Corrosive environment. The combined effect of 
a corrosive environment (such as seawater) and cyclic 
stressing is called corrosion fatigue and can be highly 
detrimental to the life of metals. This is particularly true 
in the casp of carbon and low-alloy steels wherein the high- 
cycle, corrosion-fatigue strength in seawater is about the 
same regardless of composition or strength level (see Fig. 
13). As might be expected, metals that are either partially 
or completely resistant to the corrosive environment will 
be less affected. For example, the fatigue behavior of 
cupronickel and nickel-copper alloys normally used for 
a seawater system is not greatly different whether the 
exposure is to seawater or to air. 

Many titanium alloys are exceptionally resistant to cor- 
rosion fatigue in seawater. Titanium alloys typically have 
endurance limits in air that are 50 to 60% of their ultimate 
strength, and their endurance limits are substantially un- 
affected by exposure to seawater. 

The endurance limits of aluminum alloys are severely 
affected by exposure to seawater. However, the exposure 
of high-quality carbon/epoxy laminates to seawater has 
a small (5 to 10%) adverse effect on their strength proper- 
ties when compared with the same characteristics in air, 
under both steady and cyclic loading conditions. 

The measures used to protect materials susceptible to 
corrosion fatigue are similar to those used to prevent 
general corrosion, i.e., the application of protective coat- 
ings that are both resistant and impervious to the environ- 
ment, and cathodic protection. Both of these methods are 
simple in principle but often difficult to put into practice. 

e. Other factors. Other factors that may affect fa- 
tigue life are cumulative damage, prestressing, metallur- 
gical structures, weldments, creep, temperature, surface 
finish, size, and stress state. 


Section 4 

Behavior of Metals at Elevated Temperatures 


4,1 Introduction. As used in the context of this sec- 
tion, an elevated temperature is any temperature at which 
strain and load -carrying ability are time dependent. Below 
the elevated-temperature range, the design for any life 
can be based on properties measured in “short-time” tests 


such as the conventional tension test. Within the elevated- 
temperature range, however, mechanical properties must 
be measured by means that account for a change of prop- 
erties with time. 

Elevated-temperature behavior occurs over different 
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Fig. 14 Typical strain-time relationship of or alloy undergoing creep 


temperature ranges for different materials. For example, 
the mechanical properties of lead can be time dependent 
at room temperature and above, whereas for low-alloy 
steels they are time dependent only above 700 F. 

Accepted practice dictates that, insofar as possible, a 
metallic material be used in a condition of metallurgical 
stability at the operating temperature. For example, a 
quenched and tempered steel normally would not be used 
unless the tempering temperature were at least 100 deg 
F higher than the intended operating temperature; other- 
wise, the strength obtained by the temper would be re- 
duced on heating to the operating temperature, 

4.2 Time-Dependent Properties* When a metal is sub- 
jected to a static load at an elevated temperature, an im- 
mediate elastic strain occurs followed by a time- dependent 
permanent plastic strain called creep. A typical strain- 
versus-time curve is shown in Fig. 14. The creep occurring 
at a diminishing rate at the initial part of the curve is 
called primary creep. This is followed by secondary creep, 
characterized by a relatively constant rate of strain. The 
creep rate may ultimately accelerate and lead to rupture 
in a stage called tertiary creep. It is rather obvious that 
stress- temperature combinations leading to tertiary creep 
within the life of the equipment should be avoided. 

Allowable stresses for high-temperature design are of- 
ten set by organizations such as the American Society 
of Mechanical Engineers (ASME) [5], For example, the 
allowable stresses for each material included in ASME’s 
code dealing with power boilers were arrived at by using 
the lowest of the following criteria at each design temper- 
ature in the creep range: 

— A conservative average stress for a secondary creep 
rate of 0.01% per 1000 hr. 

— 60% of the average stress for rupture in 100,000 hr. 
™80% of the minimum stress for rupture in 100,000 hr. 
The use of average and minimum values assumes scatter 
in the rupture data from tests of many lots of materials. 
The designer must also apply additional safety factors to 
accommodate unusual conditions of instability, corrosion, 
possible overstresses, and the like, 
a. Creep tests. Creep data usually are obtained by 
putting static tensile loads on specimens and measuring 
the time-dependent strain with sensitive ex tenso meters. 
The tests are made at several stresses for each tempera- 
ture of interest. Each test must be conducted long enough 


(usually several thousand hours) to establish the minimum 
strain rate in the secondary stage of creep. The data from 
such tests commonly are plotted as shown in Fig, 15, from 
which the stress to produce a particular creep rate can be 
estimated. 

b. Stress-rupture tests. These tests are also called 
creep -rupture tests, and are conducted by static tensile 
loading of specimens at stresses high enough to cause 
failure. The tests are made at several stresses for each 
temperature of interest. The rupture time is measured, 
and strain-time curves also can be obtained in order to 
extend creep-rate curves to higher rates of strain. The 
stress versus rupture-time data are plotted on semilog or 
log-log graphs, A typical example is shown in Fig. 16. 

c. Creep-relaxation tests. These tests are also called 
relaxation tests. They are similar to creep tests, except 
that stress is the variable rather than strain. After the 
specimen is loaded, the gage length of the specimen is 
held constant by reductions in stress so that elastic con- 
tractions will exactly balance any extensions due to creep. 
The data from such a test commonly are plotted as shown 
in Fig, 17. 

The similarity between the relaxation test and bolting 
applications is apparent. Upon tightening to an initial 
stress, a high-temperature bolt retains its dimensions, but 
there is a falloff of the stress as a function of time and 
temperature. The stress indicated by the asymptotic part 
of the relaxation curve is related to the ultimate “holding 
power” of the bolt. However, the asymptotic stress can 
vary as a function of initial stress on loading, and may 
also be different after a second loading, such as might 
occur by retightening of a bolt. 

Residual stress can be introduced in a material by weld- 
ing, cold forming, and other processes. The reduction of 
these stresses by stress-relief heat treatments can be said 
to occur largely by the creep-relaxation process. If the 
stress-relief temperature is restricted for any reason 
(such as not exceeding the tempering temperature of a 
quenched and tempered steel), the relaxation test is a 
useful means of estimating the level to which residual 
stresses can be reduced within a particular time at a given 
temperature [34], 

d. Data extrapolation. High-temperature creep and 
stress-rupture tests are expensive and time-consuming; 
nevertheless, knowledge of long-time material properties 
is required. For example, it is important to know that 
tertiary creep will not occur during long equipment life if 
a design stress is based on a secondary creep rate mea- 
sured in a test lasting only a few thousand hours. Another 
example is the 10O,GOG-hr (II. 4-year) rupture-stress crite- 
rion used by ASME in establishing allowable stresses for 
boilers and unfired pressure vessels. 

A common method of obtaining long-life rupture-stress 
properties is to use a straight-line extrapolation of data 
such as shown by the dashed extensions of the lines in 
Fig. 16. There is debate as to whether the lines are actually 
linear or somewhat curvilinear, even for a metallurgically 
stable structure. Of greater concern is the possibility of 
temperature-induced or strain-induced microstructural 
changes, which are known to produce slope changes in 
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Fig. ?6 Typical presentation of stress -rupture data 



Fig, 17 Creep-rdoxafion curves for a quenched and tempered carbon- 
molybdenum bolting steel 


some alloys. This circumstance is illustrated by the dotted 
lines in Fig. 16. The microstructural changes normally 
occur in shorter times at higher temperatures. This is also 
illustrated in Fig. 16 by the shorter time for the “break” 
in the curve at temperature T 2 rather than at (T 2 being 
higher than T{). 

The concept that time and temperature bear an equiva- 
lence In the creep process, and that which occurs in a long 
time at one temperature will occur in a shorter time at a 
higher temperature, has been the basis for several para- 
metric methods to estimate long-time properties from 
short-time tests. No single parameter works best for all 
materials. 

Different finishing heat treatments during manufac- 
ture are sometimes permitted by a material specification, 


and these may be reflected by differences in short-time 
rupture- strength properties. However, the higher 
strengths associated with some manufacturing processes 
may disappear after a very long time at service tempera- 
ture. Therefore, it is common practice to set allowable 
design stresses for long-life equipment on the basis of 
the “weakest” condition under which a material will be 
marketed. 

4.3 Other Considerations* Notches, biaxial and triax- 
ial stresses, cyclic loading, environmental effects, and 
temperature “overshoots” are additional factors influenc- 
ing creep and rupture behavior. Also, the temperature 
and strain history of a material undergoing creep may 
have an effect on other properties such as loss of fracture 
ductility* This is known as creep damage. 


Section 5 

Composite Materials 


5*1 Com poiite Materiel Types. A composite material 
is a synthetic assembly of two or more components — a 
selected filler or reinforcing agent and a compatible ma- 
trix binder — to obtain a material with specific characteris- 
tics and properties. A comprehensive glossary of the 
terms, characteristics, and processes used in connection 


with composite materials is presented in references 35 
and 36* 

Several types of composites have been used in practical 
applications in shipboard machinery and equipment. The 
various classes of composites are distinguished by their 
matrix systems; that is, there are metal-, ceramic-, carbon-, 
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and polymer-matrix materials. The polymer-matrix com- 
posites have gradually evolved from the fiberglass-rein- 
forced plastic laminates that were first introduced in the 
United States in the late 1940’s. Polymer-matrix resin ma- 
terials can be categorized as thermosetting or thermo- 
plastic. 

a* Thermosetting resins. Thermosetting resins are 
initially mixtures of chemicals that can co-react into a 
structured network. Their low viscosity prior to reaction 
facilitates fiber impregnation, conformability to the shape 
of the desired part, and many other processing steps that 
lead to the composite structure. Thermosetting resins can 
be grouped by the chemistry of the major component into 
six main classes: Polyester, vinyl ester, epoxy, bismalei- 
mide, polyimide, and phenolic. The selection is usually 
based on economic restrictions, required mechanical prop- 
erties, or application temperature. Variations in composite 
properties within each class can be large. 

Polyesters were the original matrix resins for continu- 
ous fiber composites, and are still widely used. They are 
polyunsaturated oligomers dissolved in styrene. Polyester 
composites are usually filament wound, contact molded, 
or used as sheet molding compound. Their low cost and 
room-temperature cure make them cost effective. 

Vinyl esters are similar to polyesters in many ways: 
they are oligomers dissolved in styrene, which cure by 
free radical polymerization. They are superior to polyes- 
ters in their ability to plastically deform, which leads to 
improved resistance to delamination and greater fatigue 
life. Their ductility is probably due to the epoxy backbone 
of the oligomer* 

Organic matrix composites with the highest static (com- 
pressive) strength have epoxy matrix resins. Broadly 
speaking, there are two classes of epoxy resins: those 
composed (mainly) of Ciba Geigy MY720, and those com- 
posed of the diglycidal ether of Bisphenol A. Epoxies com- 
posed of MY720 have the highest Young's modulus of all 
matrix resins, and as a result, composites based on MY72G 
have the highest compressive strengths. Bisphenol A ep- 
oxies are the main component in wet winding resins; al- 
though they are easier to process than MY720, Bisphenol 
A epoxies result in composites with substantially lower 
compressive strength. 

Bismaleimides and polvimides were developed for high- 
temperature applications. They are expensive, difficult to 
process, and are brittle. The high processing tempera- 
tures often result in thermal stress cracking during cool- 
down, These materials are generally not well suited for 
marine applications* 

Phenolic resin is produced by the condensation of an 
aromatic alcohol with an aldehyde, particularly of phenol 
with formaldehyde, Phenolics are inexpensive and have 
good elevated-temperature and fire-performance charac- 
teristics, but they are brittle and have a relatively low 
impact strength. 

Thermosetting resins become irreversibly solidified or 
infusible when cured by heat or chemical means. 

b* Thermoplastic resins. Although thermosetting 
resins are more mature in terms of the chronology of 
composite matrix development, the thermoplastic resin 


Table 3 Sasic properties of reinforcement fibers for 
composite materials 


E-Glass S2-Glass Carbon Aram id Polyethylene 


Tensile strength, 
psi X I0 3 

500 

650 

500 

525 

400 

Tensile modulus, 
psi x 10* 

10 

12 

33 

19 

* 

18 

Strain at break, % 

5 

5.5 

1.0 

2,5 

3 

Specific gravity 

2.54 

2.49 

1.8 

1.4 

0.97 


materials (and in particular high-performance thermo- 
plastic resins) have advantages in some applications* Con- 
ventional thermoplastic resins include nylon, vinyl, 
thermoplastic polyester, acetal, fluoropolymer, poly- 
carbonate, and polyphenylene oxide. Unlike thermoset- 
ting resins, thermoplastic resins can, by their nature, be 
repeatedly remelted and reformed, which often results in 
more simple fabrication procedures and less scrap* 

High-performance thermoplastic resins include: poly- 
etheretherketone (PEEK), polyphenylene sulfides (PPS), 
polyetherketone ketone (PEKK), polyetherketone (PEK), 
polyamide-imide, polyetherimide, polyarylene sulfide, and 
poly ether sulfone. 

5.2 Rein force merits. Common types of reinforcing fi- 
bers used in the production of composites include glass, 
cotton, aramid, carbon, graphite, polyethylene, boron, 
steel, polyamide, alumina, silicon carbide, and aJuminabor- 
ia-silica* Table 3 compares the basic properties of some of 
the reinforcement fibers used in marine applications. E- 
glass is the predominate reinforcement material used 
since it provides significant advantages at a relatively low 
cost. Commercial types of glass-fiber reinforcement are 
provided in a variety of forms to meet various application 
requirements. These forms include unidirectional tape, 
woven fabric, and chopped-strand mats. Various filler ma- 
terials can also be added to the resin matrix in diversified 
shapes (such as spheres, flakes, or fibers) to enhance de- 
sired characteristics such as strength, stiffness, lubricity, 
wear-resistance, or appearance. 

To optimize the efficiency of a continuous-fiber-rein- 
forced resin-matrix composite, the reinforcing fibers are 
often oriented or arranged in the direction of loading or 
principal stress. This approach usually results in a rather 
anisotropic material somewhat similar to wood (cellulose 
fibers in a lignin matrix) in structural characteristics (i*e*, 
properties vary "with-the-grain” or “across-the-grain”). 
A comparison of the strength and modulus characteristics 
of unidirectional fiber-reinforced epoxy- matrix compos- 
ites with isotropic alloys of aluminum, titanium, and steel 
is presented in Table 4. However, the use of unidirectional 
material may be either impossible or undesirable, and in 
many cases a random fiber dispersion must be specified 
in order to develop a composite with quasi-isotropic prop- 
erties more similar to conventional metal alloys or un rein- 
forced plastics. 

5.3 Fabrication Methods* The processing method se- 
lected for a composite application depends on many fac- 
tors, including part size, shape, complexity, finish, quan- 
tity, quality, property requirements, skill levels available, 
cost limitations, and maximum permissible void content. 
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Table 4 Density, strength, and modulus characteristics of 
select unidirectional fiber-reinforced epoxy-matrix 
composites* and metals 




Ultimate Tensile 



Density, 

lb/in. 

Strength, 

Tensile Modulus, 

Material 

psi x 10 3 

psi X 10* 

E-glass 

0,075 

160 

6.5 

S-glass 

0,072 

2W 

7.5 

Kevlar-49 

0,050 

210 

11.0 

Type HMS graphite 

0.059 

170 

30.0 

TYpe AS graphite 
Aluminum (7075-T6) 

0.05 6 
0.100 

250 

83 

20.0 

10.0 

Titanium (6A1-4V) 
Steel (4130) 

0,160 

160 

16.5 

0.2S9 

200 

29,0 

“ Values at 60% fiber volume, unidirectional. 


Table 5 Typical mechanical properties af E-glass fabric- 
reinforced composites 

Glass content, wt. % 

Flexural strength, psi X IQ 3 
Flexural modulus, psi x 10 s 
Tensile strength, psi x 10 s 

10 to 40 

10 to 27 

1.0 to 1.6 

8 to 10 

45 to 60 
35 to 65 
1.2 to 2.2 
20 to 50 


Fabrication with composite materials is usually different 
from metal processing in that the composite fabrication 
process involves the simultaneous formation of the mate- 
rial and the component. To provide examples of the types 
of composite components and material limitations associ- 
ated with different fabrication methods, four fabrication 
methods that are commonly used to form typical marine 
composite components are outlined in the following: 

a. Hand layup* Structural or semistructural marine 
applications of composites are typically fabricated 
through a hand-layup fabrication process* For low-volume 
production applications, a hand-layed continuous-fiber 
composite construction is often the most economical. The 
most common construction method is open or contact 
molding. In this process a pigmented coating or gel coat 
is applied to the mold. This surface ultimately becomes 
the exterior of the part. Before this coating fully cures, 
layers of resin-saturated fibers are laid into the mold. On 
curing, the layers of reinforcement and the coating are 
permanently bonded, forming a rigid shell with a smooth, 
permanently pigmented surface. Typical mechanical prop- 
erties of composites reinforced with E-glass fabric that 
are formed in this manner are given in Table 5* 

Note in Table 5 that the flexural strength and the flex- 
ural modulus are stated. The '‘flexural strength” is ex- 
pressed as the tensile stress in the outermost fibers of a 
bent test specimen at the instant of failure. The flexural 
strength of composites is usually higher than the tensile 
strength. Similarly, the “flexural modulus” is the ratio of 
the stress to the corresponding strain in the outemfost 
fibers of a specimen that is subjected to a bending load. 

b» Resin-transfer molding. Resin-transfer molding 
is similar to hand layup in that individual layers of rein- 
forcement are placed into a mold. However, in the resin- 
transfer molding process the layers are placed into the 
mold dry. The dry reinforcement is called the preform, A 
mating mold half is closed over the dry preform materials, 


and resin is pumped into the cavity to saturate the pre- 
form. Following the cure cycle, the mold is opened and 
the rigid finished component is removed. The advantages 
of this process are the ability to form two molded surfaces 
on the part, reduced per-part labor costs, and better con- 
trol of part-to-part consistency as compared to the hand 
layup method. The mold costs are higher in this process, 
however, and if high fiber contents are required, the mold 
can become prohibitively expensive for low production 
volumes. The composite mechanical properties obtained 
are comparable to those obtainable with the handdayup 
process. 

c. Filament winding. The filament-winding process 
is accomplished by winding continuous fibers over a rotat- 
ing mandrel. The axis of rotation can be varied such that 
the winding is in any direction. By selectively placing 
higher fractions of the total winding along angles closely 
aligned to the load paths, very strong and efficient compo- 
nents cari be made. As with the previously described pro- 
cesses, the mechanical properties depend on the fiber con- 
tent and the orientation of reinforcement. Typically, the 
fiber contents are at thfe higher end of the range given in 
Table 5, and consequently, the mechanical properties are 
at the upper end of the range as well The process can be 
highly automated and thus economical, but it is obviously 
limited to components that can be formed as a body of 
revolution, and only limited concave shapes can be accom- 
modated without secondary moldbg processes. 

d. Short-fiber molded composite. Many reinforced- 
plastic components are molded using reinforced polymers, 
which are short fibers (V 4 to 1 in. long) that are dispersed 
in the resin at weight percentages ranging from 10 to 
50%. The molding process determines the orientation of 
the fibers in the final part. The fibers are generally ori- 
ented in the plane parallel to the part surface, with very 
few fibers oriented through the thickness of the part. The 
pressure required to flow the filler resin throughout the 
mold cavity can be very large; consequently, only rela- 
tively small components such as small pump housings, 
pump impellers, small valves, and valve components are 
fabricated by compression or injection molding of rein- 
forced composites. This process is best suited for higher- 
production quantities because of the relatively high capi- 
tal costs of the molding operation. The fiber content and 
control over fiber orientation are lower than with any of 
the previously described processes. The mechanical prop- 
erties typically achieved for a short-fiber molded compo- 
nent are given in Table 5, 

5.4 Environmental Effects. The environment of a com- 
posite material can have a significant effect upon a com- 
posite's characteristics, 

a. Moisture absorption. Water is absorbed by all 
polymers used as matrix resins. The percent weight gain 
of resins resulting from immersion in water can vary from 
0.5 to 5%, with 3 to 4% a typical range for epoxies. The 
percent weight gains in composites are lower because of 
the fiber content, and a 1% increase in weight is typical 
for epoxy-matrix composites. 

The water absorbed by matrix resins generally does 
not degrade the mechanical properties of the composites. 
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Hydrophilic polymers such as epoxies are plasticized by 
the absorbed water. The only significant effect of plastici- 
zation is a reduction in the glass transition temperature, 
which is the temperature at which the unreinforced poly- 
mer passes from a brittle glassy state to a rubbery state, 
and as a result, the upper temperature range within which 
the composite can be applied. High fiber-content compos- 
ites, such as tape-reinforced materials, show unchanged 
fiber-dominated properties with water absorption. On the 
other hand, a 10 to 20% reduction in the dry tensile, com- 
pressive, and flexural strengths of fabric-reinforced com- 
posites having higher resin contents may occur. 

An exposure to water will, however, cause a reduction 
in the fiber/matrix bond strength of some composites, 
A loss in adhesion results in a substantial loss in the 
compressive and flexural strengths, and for some compos- 
ites the degradation in strength caused by water immer- 
sion can be as high as 60%. Glass-reinforced composites 
are the most susceptible to a loss in adhesion, but this 
occurs only if an unsuitable coupling agent is applied to 
the glass. 

A third possible effect of water, besides matrix plastici- 
zation and fiber/ matrix hydrolysis, is galvanic corrosion. 
Carbon-reinforced polymers, in contact with metal and in 
the presence of water, can degrade substantially by ma- 
trix electrolysis. This behavior appears to be limited to 
polymers containing an imide linkage, and can be pre- 
vented by electrically isolating the composite from the 
metal, 

b, Temperature, The effect of temperature on most 
polymer-matrix composites is dependent on the resin. All 
resins have an operating range over which they will per- 
form acceptably. At very low temperatures the resins 
become slightly more brittle, and fiber-reinforced compos- 
ites may be subject to matrix cracking because of differen- 
tial thermal expansion between the fiber and the matrix. 
The mechanical properties of most composite materials 
are not detrimentally affected by temperatures down to 
cryogenic levels. However, at elevated temperatures, the 
matrix becomes soft. The American Society for Testing 
and Materials (ASTM) Test D 648 (Test Method for Deflec- 
tion Temperature of Plastics Under Flexural Load) is used 
to determine the temperature at which the material loses 
its effective stiffness as measured by the deflection of a 
specimen immersed in a heated fluid and supporting a 
deadweight load. The maximum temperature defined by 
this test is called the heat distortion temperature. The 
heat distortion temperature is a practical measure of the 
glass transition temperature. Typically, for matrix sys- 
tems that cure at room temperature, the useful tempera- 
ture range is below 140 F. The combination of elevated 
temperature and absorbed moisture results in an acceler- 
ated softening of a composite matrix, and the mechanical 
properties are reduced to a greater extent than would be 
the case for either effect alone. Consequently, for mate- 
rial applications in a high-moisture, high-temperature en- 
vironment, the effect of these conditions must be consid- 
ered when the characteristics of the resin, reinforcement, 
and mechanical properties are specified. 


c. Chemical corrosion. Although reinforced com- 
posite materials have been used in many highly corrosive 
applications, the selection of the resin, reinforcement, and 
fabrication process is very important to ensure a satisfac- 
tory design. As an example, when designing components 
to be used in sewage systems, the effect of the acidic 
fluids on the composite materials must be considered. As 
a second example, graphite-fiber reinforced composites 
may produce a galvanic corrosion cell when the composite 
is in seawater service and electrically coupled to a metallic 
structure, because the graphite fibers are noble relative 
to all metals. Although the matrix material will isolate the 
fibers from electrical contact, at cut edges, or holes where 
fibers are exposed, electrical contact will be made and the 
metal corrosion will be accelerated. 

d. Fire* Polymer matrix composites are inherently 
flammable, but resin modifications and additions of mate- 
rials such as chlorine, bromine, or antimony to the resin 
will produce a matrix that is flame retardant These addi- 
tives produce a matrix that will not support combustion 
in a normal atmosphere. The resin will smolder and char 
while heat is applied but will self -extinguish once the heat 
source is removed; however, these additives may produce 
toxic gases when the matrix does burn. Requirements 
concerning the use of flammable materials on commercial 
vessels are stated in U.S, Coast Guard and SOLAS (Safety 
of Life at Sea) regulations. The U.S. Navy has also devel- 
oped MIL-Std-2031, which defines limits on the flammabil- 
ity, smoke, and toxicity of composite materials when in- 
stalled in submarines. The Navy standard permits the 
application of supplemental coatings, covers, insulations, 
etc, to composite materials when necessary to ensure that 
a rigorous series of fire requirements and associated per- 
formance criteria can be met when the treated composite 
material is tested as a ^composite material system.” Lim- 
its on the volatiles that may be gassed-off from a polymer- 
resin matrix at room or slightly elevated temperature are 
also imposed by the Navy for material applications in the 
dosed environment of a submarine, 

5,5 Inspection Techniques, In-service inspection of 
composite components is primarily limited to visual in- 
spection for indications of excessive cracking or delamina- 
tion. Standard procedures for the inspection of as-fabri- 
cated hand-layed structural composite components have 
been defined for Naval procurements in NAVSHIPS 
Technical Manuals 250-346-2 and 250-529-1. These manu- 
als describe defects that may occur during fabrication and 
define “accept,” “repair,” or “reject” limits on the type 
and extent of defects. Typically, in-service damage is 
caused by overloading, impact, or combined loading and 
environmental effects. Damage is characterized by a 
“whitening” of the composite. This color change from a 
normally translucent appearance is a result of the forma- 
tion of minute cracks called “crazing” in the composite 
matrix. In the case of delaminations, the color change will 
likely form semicircular shapes emanating from the initial 
damaged area. An incipient fracture of a composite is 
indicated by the appearance of broken fibers protruding 
from the material surface. 
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Composite components that are fabricated from pig- 
mented resin or which have an opaque coating may not 
provide any readily apparent indications of damage. But 
a reduced stiffness of the component may be evident or 
the materia] surface may be cracked in the damaged area. 
Because of the brittle nature of most polymer composites, 
local areas of stress concentration are often relieved by 
local failure of the component as opposed to local yielding 
near the stress concentration, which is the case with duc- 
tile metals. Sometimes such local failures can be disabling 
to the entire component, but often the failure is entirely 
local and the load is redistributed. 

The ability to redistribute loads near local stress concen- 
trations allows most composite components to be rela- 
tively free from tension-tension fatigue-induced failures. 
For instance, stress concentrations at bolt holes, which 
may induce catastrophic fatigue failures in metal compo- 
nents, can have a much different effect in composite com- 
ponents. The initial loading of a composite component will 
produce damage where the composite is overstressed as 
a result of stress concentrations. Following local failures 
in these overstressed areas, the loads are redistributed; 
and as long as the remaining undamaged material is capa- 
ble of carrying the loading, the damage will not progress, 
and the component will continue to function. However, 
where there are compressive or flexural loadings, the 
damage will likely continue to progress and lead to a 
buckling or other stiffness-limited failure mode. 

Minor impact damage, which causes cracking of the 
surface coating or (if visible) crazing or local delamination 
(without apparent fiber breakage) of the material surface, 
may also have a negligible effect on the component If the 
loading of the component in the damaged area is primarily 
planar tension, local delamination may have little effect 
on the strength or stiffness of the component. However, 
flexural or compressive loadings may cause the damage 
to propagate over time, and repair or replacement may be 
necessary. 

To aid the visual inspection and evaluation of the extent 
of damage to composite materials, acoustic inspection 
methods can be used. The most simple acoustic inspection 
is a coin tap test. In this method a coin or other light 
metal object is tapped over the surface of the component. 
Damaged areas and particularly delaminated areas pro- 
duce a hollow or dull sound when compared with undam- 
aged areas. Ultrasonic (UT) devices can be used to per- 
form in-service inspections of composite components. 
Handheld contact-type ultrasonic transducers that are 
used in a pulse-echo mode can detect disbonds or delamin- 
ations in composite components. The inspection proce- 
dures used are similar to handheld UT weld inspections. 
However, lower-frequency (1 to 5 MHz) and larger- diame- 
ter transducers are required because of the greater sound 


Table 6 

Composite moteriol trade-offs 

Advantages 

Disadvantages 

Strength 

Stiffness 

Weight 

Corrosion resistance 
Erosion resistance 
Improved damping 
Nonmagnetic 

Affected by heat 

Flammability (smoke, toxicity, etc.) 
Subject to damage 

Wear characteristics 

Design /production technology limitations 
Test and inspection procedure limitations 

Table 7 ^ Candidate marine applications for composites 

Structural 

Machinery 

Functional 

Topside superstructure 
Masts 

Stacks 

Radomes 

Foundations 

Doors 

Hatches 

Liferails 

Stanchions 

Fairipgs 

Armor 
Bulkheads 
Propellers 
Control surfaces 
Hulls 

Boats 

Tanks 

Flasks 

Gangways 

Ladders 

Grating 

Piping Missile blast shields 

Pumps Shafting overwraps 

Valves Life rails/ lines 

Heat exchangers Handrails 

Strainers Mast stays /lines 

Ventilation ducting Bunks /chairs /lockers 

Fans, blowers Tables/worktops 

Weather intakes Insulation 

Propulsion shafting Nonstructural partitions 
Tanks False decks 

Reservoirs Seachest strainers 

Gear cases Deck grating 

Actuators Stair treads 

Hydraulic cylinders Grid guards 

Diesel engines EMI shielding 

Electrical enclosures Elevator doors, platforms 
Motor housings Weapons enclosures 

Condenser shells Showers, urinals 

Washbasins 

Water closets 


attenuation of most composite materials. The greater at- 
tenuation is in large part caused by the scattering of the 
sound energy at each of the many material interfaces 
in the composite material. This scattering also makes it 
difficult to distinguish small flaws or damaged areas from 
the normal background reflections. Consequently, the in- 
service use of conventional UT inspection procedures is 
limited. 

Dielectric sensing devices are used to measure the mois- 
ture content in composite materials. These devices are 
primarily used to evaluate the condition of boat hulls un- 
dergoing repair. The laminate condition must be moni- 
tored to ascertain that the moisture level is sufficiently 
low to allow the bonding and repair of the composite, 

5.6 Composite Material Design Considerations. Some 
of the principal factors to be evaluated when considering 
the use of composite materials are listed in Table 6. The 
advantages of improved strength, weight, and corrosion 
characteristics are of major significance when selecting 
the material to be used for hull structure, and for most 
small craft, these advantages dearly overshadow the dis- 
advantages that composites entail. The nonmagnetic char- 
acteristic of composites further causes them to be an at- 
tractive structural material for minesweepers, some of 
which are rather large. Many polymer-matrix composites 
have been used extensively in marine applications where 
their characteristics provide advantages. Some specific 
candidate areas of application for composites are listed in 
Table 7. 
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Section 6 

Survey of Select Material Applications 


6. T Introduction. The design, construction, and opera- 
tion of shipboard machinery and auxiliary equipment are 
usually the result of years of experiment and experience. 
The information so gained is published in genera! specifi- 
cations that are available for the guidance of marine engi- 
neers [1-5]. In addition, certain of the military specifica- 
tions contain general guidelines for specific items of naval 
machinery (e.g., MIL-B-18381 for naval high-pressure 
steam boilers, and MILrT-17600 for naval steam propul- 
sion turbines). These general specifications refer in turn 
to a variety of specific material specifications containing 
details of the materials acceptable for particular compo- 
nents and operating conditions. Several organizations 
publish material specifications, with those of the Ameri- 
can Society for Testing and Materials being the ones to 
which reference is most often made. 

Examples of typical materials used in critical applica- 
tions, with some rationale as to why they are used, and 
the limitations under which they provide satisfactory ser- 
vice are given in the following sections. 

6.2 Boiler*. The materials used in critical components 
of marine boilers have evolved over many years into a 
series of standardized alloys that are selected to optimize 
cost, mechanical properties, castability, weldability, 
forgeability, and ductility (to permit forming operations 
such as tube bending and flaring). 

Most boiler components are made of carbon and low- 
alloy steels. However, their suitability in service is highly 
dependent on proper boiler design, construction, and oper- 
ation. The design must incorporate adequate provisions 
for flexibility to accommodate expansion and contraction 
from temperature cycling without development of 
stresses high enough to cause fatigue failure. Particular 
attention must be given to joint designs, such as at tube- 
header connections and tube supports, so that fatigue 
stresses are not concentrated excessively at these loca- 
tions. 

The materials used in boilers have a limited tolerance 
for temperature excursions. Good fireside maintenance is 
critical, so that deposits do not accumulate and interfere 
with circulation and heat transfer. The water and steam 
side is also important, because heat removal by water and 
steam circulation is necessary to keep tube temperatures 
within tolerable limits. The watersides must be kept clean 
and free of deposits that can interfere with proper heat 
transfer. 

Also, corrosion must be prevented. This is accomplished 
on the water and steam side by several means. Deaeration 
of the feedwater prevents corrosion and pitting caused by 
oxygen. An alkaline-phosphate treatment of the boiler 
water provides an optimum pH for minimizing corrosion. 


and also controls damaging scale-forming salts by produc- 
ing insoluble phosphates, which can be removed by blow- 
down or mechanical cleaning. Volatile amines may be used 
to control corrosion in condensers and return lines, and to 
prevent deposition of copper in boiler tubes. 

Fireside corrosion from fuel-combustion products can 
be controlled adequately; however, certain parts such as 
superheater support members must tolerate high temper- 
atures and severe corrosive conditions. These parts are 
especially vulnerable when vanadium-bearing fuels are 
used and temperatures are reached at which vanadium- 
bearing molten slags can form and accumulate. The best 
materia] known to resist this attack is a cast 60Cr-40Ni 
alloy. However, ASTM A351 Grade CH20 has been used 
successfully in some commercial boilers; this alloy con- 
tains about 24% chromium and 13.5% nickel. 

If conditions leading to failure by fatigue, overheating, 
and corrosion are under control, the primary considera- 
tions in material selection then reduce to product form, 
fabrieability, cost, and the use of standard grades of 
alloys in accordance with regulations for temperature and 
allowable stress. The most common guide is that of the 
ASME Boiler and Pressure Vessel Code, which sets allow- 
able design stresses as a function of temperature for each 
commonly used alloy. 

For the low-alloy steels, the temperature and stress 
tolerances tend to increase progressively in the series of: 
carbon, carbon-^Mo, l^Cr-^Mo, and 2%Gr-lMo grades. 
There are, of course, other competing alloys, but these 
four are the most frequently employed. 

The useful temperature ranges for these alloys can 
overlap if suitable adjustment of the design stress is 
made. However, carbon steel is seldom used above 750 F 
because of its low strength. If it is used at higher tempera- 
tures, it is advisable that the steel be a grade deoxidized 
with silicon instead of aluminum. Aluminum-killed carbon 
steels have a greater tendency to become embrittled by 
decomposition of iron carbide (graphitization) after pro- 
longed high- temperature exposure. Graphitization occurs 
most readily near welds. Molybdenum and particularly 
chromium are strong carbide-forming elements and in- 
hibit graphitization tendencies in alloys containing these 
elements. 

Typical applications of carbon steels (including minor 
modifications in chemistry for welding, etc.) include steam 
and water drums, water-wall headers, generating tubes, 
downcomers, and economizer tubes and headers. De- 
pending on applicable specifications, either welded or 
seamless tubes can be used. 

Supeidieater headers are commonly made of carbon- 
y z Mo or l^Cr-^Mo alloy. In Navy practice the former is 
used up to 875 F and the latter between 875 and 1050 F, 
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Superheater tubes normally are specified to be of the 
seamless variety and are commonly carbon-^Mo, l^Cr- 
HMo, or 2J£Cr-lMo depending on temperature and pres- 
sure, Navy practice is to use E^Cr-lMo alloy for tube 
metal temperatures up to 1100 F and a columbium or 
titanium stabilized 18Cr-9Ni austenitic stainless steel for 
metal temperatures between 1100 and 1200 F. 

Beyond 1050 to 1100 F the high-temperature strength 
and oxidation resistance of the ferritic steels fall off rap- 
idly. Hence, it is necessary to go to the more expensive 
austenitic stainless steels in high-temperature superheat- 
ers. It is common practice to use ferritic steel tubes in the 
beginning of the superheater pass, and to restrict the 
austenitic steel tubes to the final portion of the pass. 
Economy is not the only reason for this. If stainless steel 
were used in the initial portion of the pass, the stainless 
would be exposed to wet steam entering the superheater* 
Any boiler-water solids carried over would concentrate 
on the tube surfaces and could lead to stress-corrosion 
cracking* Stainless tubes are not subject to this danger if 
the steam passing through them is dry* 

There are places in boilers where special metals may be 
employed. Mention has already been made of cast 60Cr- 
40Ni alloy for superheater support members. Alloys such 
as Inconel may be used for oxidation-resistant bolts; de- 
superheater parts are often made of a 16Gr-lNi alloy; and 
casings or other parts exposed to corrosive flue gases, 
particularly at temperatures over 700 F, may be made of 
stainless steel* 

6*3 Main and Auxiliary Steam Piping Systems* In gen- 
eral, the guidelines for main and auxiliary steam piping 
systems on merchant vessels are set by applicable sec- 
tions of the American National Standards Institute Code, 
ASME Boiler and Pressure Vessel Code [5,10], and U*S* 
Coast Guard Marine Engineering Regulations [1], Navy 
practice follows the same pattern, differing only in details. 

As in the case of boilers and superheaters, the rationale 
for choosing between carbon and alloy steels for steam 
lines is largely a matter of service temperature and pres- 
sure. However, in contrast to certain parts in boilers that 
are exposed to hot combustion gases, steam lines are not 
exposed to temperatures beyond those of the contained 
steam* 

Carbon and low-alloy ferritic steels can be used within 
allowable design stresses at temperatures up to 1050 F. 
If shipboard boiler plants were designed to produce steam 
in excess of this temperature, it would be necessary to 
use austenitic stainless steel piping in lieu of low-alloy 
ferritic steel piping because of the rapid falloff in strength 
and oxidation resistance of the ferritic materials in this 
temperature range. 

The basic design of steam piping systems ha & had an 
influence on the materials developed for this type of ser- 
vice* A system may consist of straight pipes with welded 
elbows for bends and welding-neck flanges for joints* This 
type of construction requires a material of excellent weld- 
ability. Alternatively,- the pipe may be in lengths that have 
been bent into the desired configuration and then joined 
together by welding. In this case the material must also 
have good hot-forming properties. 


Both hot bending and cold bending are used in pipe 
fabrication. Hot bending is usually done at 1650 to 1850 
F with the pipe packed with sand to help retain shape and 
circularity* A somewhat higher temperature may be used 
for 2V 4 Cr-lMo pipe. Cooling the outside of the bend may 
be employed to prevent excessive thinning in this area. A 
bending machine with a mandrel is used for cold bending, 
and a minimum bend radius of 5 diameters is usually 
recommended. 

After hot bending, carbon steels are usually annealed 
at about lj!00 F. The Mo and Cr-Mo alloy steels are usually 
normalized from 1650 F and then drawn at 1200 F* Both 
carbon and alloy steel piping are generally annealed after 
cold bending* 

Seamless pipe is used for the more critical applications, 
especially for the higher temperatures and pressures* 
Welded pipe is permitted for many other applications. 

Coppet or copper-alloy pipes with brazed joints can be 
used in noncritical, low-temperature, low-pressure ser- 
vice. For example, fabricated copper systems are permit- 
ted for steam and steam drain service on merchant ships 
up to 320 F and 75 psi [2]* 

Cast or forged valves are used in steam lines. For all 
practical purposes, cast steel valves can be considered as 
cast versions of the wrought alloys used for the piping. 
Minor compositional variations are mostly associated with 
the need to enhance the “castabihty” of the alloy to assure 
high casting quality. 

The seats and disks in steam valves require special at- 
tention because of tendencies to erode — a condition com- 
monly known as “wire drawing/' The tendency increases 
when valves are used for throttling service, and can be 
especially severe with wet, saturated steam. Austenitic 
stainless steels are quite resistant to wire drawing, but 
are not usually employed for valve trim because of poor 
resistance to galling and because of a difference in ther- 
mal expansion coefficients between the ferritic steel valve 
body and the austenitic steel trim, Nitrided steel has been 
used for valve trim on occasions, but nitriding has lost 
favor because of poor performance in comparison with 
other materials* 

The best trim material for resisting wire drawing is a 
weld-deposited, tungsten-cobalt-molybdenum hard-facing 
alloy known commercially as Stellite. Stellite to Stellite 
and Stellite to 13% Cr stainless steel are suitable combina- 
tions for the mating surfaces of disks and seats, although 
Stellite on both parts is preferred for the more critical 
systems* The Stellite facing of the seat can be applied by 
direct welding to the valve. However, welding procedures 
can be controlled better, and seat repair can be facilitated, 
if the Stellite i$ applied to a separate seat ring, which can 
then be shrunk or screwed into place in the valve body. 

Carbon or alloy steels are used for bolts on steam line 
joints. Carbon steel bolts are used at lower temperatures* 
As the temperature increases, and depending on the tem- 
perature, one of the alloy steels must be used* The alloys 
most frequently utilized are Grades B6 (12% Cr), B7 (Cr- 
Mo), and B16 (Cr-Mo-V) of ASTM Specification A193. 

Alloy steel bolting normally is used in the quenched 
and tempered or normalized and tempered condition to 
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enhance strength properties and to assure the highest 
possible elastic limit. Minimum tempering temperatures 
are specified to be well above the intended operating tem- 
perature, and for metallurgical reasons are usually within 
the range of 1100 to 1200 F* 

6*4 Fresh- and Saltwater Piping Systems, Carbon steel 
pipe (ASTM A53) commonly is used for non-saltwater ap- 
plications such as boiler feed piping and engine cooling* 
The particular application may influence whether welded 
or seamless, or plain or galvanized pipe is chosen [2]* 
Copper pipe may be used in condensate systems. Polyvinyl 
chloride (PVC) plastic pipe (ASTM D 1785) and glass-rein- 
forced epoxy pipe (MILrP-24608) are also used for fresh- 
water systems for auxiliary machinery and engine cool- 
ing. Cold and hot freshwater systems for domestic, 
sanitary, heating, and air-conditioning services normally 
are made of PVC plastic pipe, glass-reinforced epoxy pipe, 
or seamless copper tubing (ASTM B88), 

The main and auxiliary saltwater piping systems pres- 
ent far greater difficulties than freshwater systems be- 
cause of the severe corrosion problems that are encoun- 
tered (see Section 2)* 

Water velocity and pipeline configuration are the most 
important variables (other than material) influencing the 
performance of a shipboard saltwater piping system. 
Most metallic materials of interest for saltwater systems 
have low corrosion rates in quiescent water because of the 
formation of corrosion films, which protect the underlying 
metal* As the water velocity is increased, a velocity may 
be reached at which erosion will begin. That is, the protec- 
tive film will be swept away such that fresh metal will be 
exposed constantly to the water, and corrosion will be 
accelerated* 

In general, the water velocity in piping systems is sel- 
dom high enough to bring about general corrosion-erosion 
of the pipe material. However, velocities commonly are 
experienced that lead to damage in localized areas* This 
action occurs in areas of water turbulence. Because of its 
impinging effect, turbulent flow can sweep away protec- 
tive corrosion films in local areas at water velocities that 
are not destructive where flow is more or less streamlined. 

The rate of impingement attack in turbulent areas is a 
function of both the water velocity and the configuration 
of the piping system. The attack nearly always occurs just 
downstream of fittings and joints. Knowledge of this fact 
permits an easy inspection of a piping system, since the 
critical areas can be observed simply by breaking the 
joints* It is seldom necessary to know the condition of a 
pipe beyond the area that can be seen readily at the inlet 
end* 

Pipe bends do not cause significant impingement attack 
if the bend radius is generous enough to prevent wrin- 
kling of the pipe or more than a moderate collapse of 
the cross section* Elbows, on the other hand, can cause 
damaging turbulence if the nominal water velocity is 
fairly high* Long-radius elbows cause less damage than 
shorLradius elbows. 

Other fittings, such as tees, reducers, and valves, also 
cause turbulence* Globe valves used for throttling service 
probably lead to more pipe damage than any other type 


of fitting (see Fig* 5)* Properly designed and installed 
unions are perhaps the least damaging* 

If a piping system is designed adequately from the 
standpoint of material selection and water velocity, there 
should be no major deterioration from standard fittings. 
An occasional failure may occur, but frequent failures 
should be an indication that the system is inadequately 
designed or is being used improperly. 

Whatever piping material is used, good design practice 
dictates that fittings, welds, and connections be made of 
compatible materials from the galvanic-corrosion stand- 
point* In areas where dissimilar metals must be used, it 
is important that, insofar as possible, a favorable cathode/ 
anode area ratio be provided and that the key components 
be made of the more noble material. Examples would be: 

* Use of 70/30 Cu-Ni welds for fabricating 90/10 Cu- 
Ni alloy. 

# Use of monel trim in a tin-bronze valve* 

Experiments have demonstrated little difference in the 

performance of plain steel, low-alloy steel, and wrought 
iron in seawater pipelines. Therefore, the term “steel' 1 
will be used to cover these materials as a group. 

Steel has fair resistance to impingement corrosion, but 
poor resistance to cold salt water and very poor resistance 
to hot aerated salt water. It is most useful in dosed sys- 
tems where there is no continuous supply of oxygen* 

Steel has no antifouling properties, and marine growth 
can accumulate under stagnant water conditions such as 
in dead-end lines* 

For various reasons, it would be desirable to use bronze 
valves even if a piping system were made of steel; how- 
ever, such a combination would introduce a galvanic corro- 
sion problem because of an accelerated corrosion of the 
steel in the vicinity of the valves. In such cases the installa- 
tion of waster pieces between the valves and pipes may 
be desirable* 

Protective coatings are desirable for steel pipelines in 
seawater service* Galvanizing has been tried in both ser- 
vice and experimental systems, and the zinc coating is 
effective, but it also corrodes away after a time. The extra 
pipe life gained by galvanizing depends on the thickness 
of the zinc and the water velocity, and may vary from as 
little as 3 months to 2 or 3 years. 

Other types of protection for steel pipe (lining with 
enamel, paint, rubber, lead, and so on) have been tried 
and generally abandoned because of cost and difficulty of 
installation, and maintenance of coating integrity. 

Stainless steel piping is not suitable for shipboard salt- 
water piping because of local pitting and crevice-corrosion 
tendencies* 

Aluminum is attractive because of its low cost and light 
weight, and certain alloys have good resistance to high 
water velocities; however* it has serious disadvantages* 
One is its poor antifoulmg characteristics* Another is the 
tendency to pit from heavy-metal ions, which may be con- 
tained in the water from upstream equipment or other 
sources* But the most serious objection to its use is the 
susceptibility to rapid galvanic corrosion when coupled to 
heavier metals such as steels and copper-base alloys* 
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The use of bronze valves and fittings in an aluminum 
piping system, or the coupling of copperalloy pipes to 
aluminum pipes, would be intolerable. Any such combina- 
tion would require completely insulated joints, including 
assurance against accidental coupling of the dissimilar 
metal components through the hull structure. Experience 
indicates that this complete isolation is difficult, although 
not impossible, to achieve under practical shipboard condi- 
tions. 

Copper pipe can be used with some success in saltwater 
lines. However, copper has a poor resistance to erosion 
and impingement attack at more than moderate water 
velocities. Copper also tends to corrode excessively by 
concentration-cell effects under stagnant water condi- 
tions. Between these extremes, copper can give good ser- 
vice, but in most piping systems it is difficult to guarantee 
that tolerable water-flow conditions can be maintained. 

Aluminum brass and aluminum bronze alloys (e.g., 76/ 
22/2 Cu-Zn-Al, 95/5 Cu-Al, or 90.5/2/7.5 Cu-Fe-Al) have 
better resistance than copper to erosion and impingement 
attack. However, some of these alloys suffer from local 
forms of corrosion such as pitting, and also tend to be 
more difficult to solder or braze. 

The cupronickel alloys are the best from the standpoint 
of all-around performance in shipboard saltwater sys- 
tems. Their resistance to general corrosion, crevice corro- 
sion, and pitting is good, and these forms of attack seldom 
need consideration. The cupronickel alloys are easy to 
form, weld, and braze. They have good anti-fouling char- 
acteristics. Additionally, of all the copper-base alloys, the 
cupronickels have the best resistance to high water veloc- 
ity and impingement attack. 

Two cupronickel alloys are commonly used in naval 
shipboard applications: 70/30 Cu-Ni and 90/10 Cu-Ni 
(ASTM B467). If nominal pipe water velocities are held 
within conservative limits, these alloys will give long, es- 
sentially troublefree life. The 90/10 alloy should give 15 
to 25 years of service if velocities do not exceed 8 to 10 
fps. The 70/30 alloy will provide in excess of 20 years of 
service at velocities up to 12 fps. The long life and gener- 
ally satisfactory service provided by these alloys often 
make them cost-effective despite their high initial cost. 

The outstanding performance of cupronickel alloys is 
partly dependent on the addition of iron as an alloying 
element (see Section 2.2). The 70/30 alloy requires a nomi- 
nal 0.5% iron content, and the 90/10 alloy requires a nomi- 
nal iron content of 1.5% to provide maximum corrosion 
resistance. 

The 90/10 Cu-Ni alloy is the one most frequently used 
in the construction of merchant ships. It is also used In 
Navy surface ships. Because of its somewhat superior 
properties and reliability, the 70/30 alloy is used in sea- 
connected systems of Navy submarines. 

Titanium is used for saltwater piping in special circum- 
stances. Pipe walls made of titanium can be thin because 
of titanium's high strength, and because there is no need 
for a corrosion allowance in wall-thickness calculations. 
Furthermore, pipe sizes can be smaller because high wa- 
ter velocities (over 20 fps) can be tolerated without dam- 
age. However, there are disadvantages associated with 


the use of titanium: titanium is difficult to fabricate and 
repair in the field, and operating personnel cannot use 
simple techniques such as brazing. Also, galvanic corro- 
sion must be taken into account wherever there is a con- 
nection to less-noble metals. 

Polyvinyl chloride plastic and glass-reinforced epoxy 
can be used for some nonvital saltwater piping applica- 
tions. Their use is limited to low-pressure and low-temper- 
ature services, and safety must be considered if fire dam- 
age to the piping would constitute a hazard. 

Valves, fittings, and pumps in saltwater systems should 
be compatible with the piping material. With cupronickel 
piping, it is common practice to use cupronickel or bronze 
flanges, and cast-bronze silver-braze unions. 

Valves for saltwater systems can be made of a variety 
of materials. Cast tin bronzes set the standard for high- 
performance valve bodies on both merchant and naval 
vessels. However, ductile iron and galvanized cast steel 
are commonly used, especially in systems of large pipe 
sizes. Alloys such as austenitic nickel cast iron, stainless 
20, Monel, and 70/30 Cu-Ni may be used on special occa- 
sions. 

The seats in bronze valves can be cast as a part of the 
valve body, but this would be suitable only for very mild 
service; otherwise, the seats would erode in turbulent wa- 
ter. The more common practice for high performance is 
to use seats and disks of Monel. This alloy has greater 
inherent erosion resistance, and the surrounding bronze 
body enhances performance by providing cathodic protec- 
tion to the trim. 

Water-circulating pumps may be made of a variety of 
materials. Pumps for hot- water heating systems fre- 
quently are made with a cast-iron casing, brass or bronze 
impeller, and a stainless or nickel-alloy shaft. Sometimes 
both the casing and impeller are of cast bronze. 

The best performance for saltwater circulation is ob- 
tained when the impeller alloy is not only resistant to 
erosion and impingement attack, but also is more noble 
than the casing material so that cathodic protection of the 
impeller is provided. One common combination is a cast- 
iron casing with a bronze impeller and shaft. Better ser- 
vice is obtained with a cast-bronze casing and Monel impel- 
ler and shaft. This combination is frequently used on mer- 
chant and naval ships. Monel impellers provide better 
erosion resistance than bronze impellers. 

6,5 Condertiert, Heat Exchangari, and Distillation 
Units. The tubes are the most critical components in 
steam condensers. They must have thin walls for effective 
heat transfer, yet must provide isolation of the steam 
from the salt water used for cooling. Therefore, a prime 
consideration is resistance to tube deterioration on the 
saltwater side. 

Waterside deterioration can be considered from two as- 
pects: how resistant a tube material is to the water veloc- 
ity within the tube, and how resistant it is to erosion from 
turbulence and impingement at the inlet end. Fortunately, 
the tube materials of greatest interest for shipboard ser- 
vice are ranked in the same order on both counts. 

Admiralty metal is the least resistant, and its use should 
be restricted to very low water velocities, preferably not 
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over 3 to 4 fps. If Admiralty metal is used, an inhibited 
grade should be selected to prevent dezincification. An 
inhibited aluminum brass (77Cu, 21Zn, 2A1 ( As) would be 
next in rank for resisting velocity and turbulence. This 
alloy is also resistant to brackish and polluted waters, and 
is widely used in marine service. 

The highest performance standards among the copper 
alloys are obtained with the cupronickels. The 90/10 Cu- 
Ni (1.5% Fe) alloy is the one most frequently employed 
and has been used by the Navy in recent years for all 
main condensers on surface vessels. Somewhat better per- 
formance and reliability can be obtained with the 70/30 
Cu-Ni (0.5% Fe) alloy, but its higher cost favors its use 
only for special applications. The 90/10 and 70/30 alloys 
give good performance up to water velocities of 10 and 12 
fps, respectively, although conservatism usually dictates 
somewhat lower design limits. 

The tubesheet alloy must be resistant to saltwater cor- 
rosion, and should not be more noble than the tube alloy 
so as to prevent galvanic corrosion of the tubes. 

Excessive inlet-end erosion of condenser tubes some- 
times has been a problem, even with cupronickel tubes in 
the earlier years of their use before iron additions to the 
alloys were made. Inlet-end erosion can be controlled in 
several ways. Waterboxes can be designed so as to mini- 
mize turbulence, impingement, and velocity gradients 
across the tube banks. In some cases, plastic ferrules are 
inserted in the inlet ends to carry the water through the 
first few inches of the tubes where the water is most 
turbulent. Galvanic protection of the tube ends is provided 
by installing sacrificial zinc or iron anodes in the wa- 
terbox, or by making the waterbox itself of steel or cast 
iron. Monel waterboxes frequently are used with 70/30 
Cu-Ni tubes; when this is done, the Monel is solder-wiped 
to reduce adverse galvanic effects. 

If design water velocities are maintained conservatively 
low, Iron-modified cupronickel alloy tubes require little or 
no supplemental protection for a satisfactorily long-life 
service. Tubes of 90/10 Cu-Ni work well with 90/10 alloy 
sheets and waterboxes. Tubes of 70/30 Cu-Ni work well 
with 70/30 sheets and either 70/30 or 90/10 waterboxes. 
Other combinations are possible if their use does not lead 
to galvanic corrosion of the tubes. 

Navy practice in material selection for surface steam 
condensers is outlined in Military Specification MIL-C* 
15430. This covers both the primary components as well 
as the miscellaneous hardware and attachments. 

Several materials other than copper-base alloys occa- 
sionally have been considered for condenser tube applica- 
tions. These have included certain austenitic stainless 
steels and nickel-base alloys. Titanium condensers and 
heat exchangers can be used to advantage where weight 
is critical, such as on hydrofoils, surface-effect ships, and 
deep submersibles. The weight advantage arises from 
more than just a substitution of titanium for heavier met- 
als. Thinner tubes can be used, as no corrosion allowance 
is required. 


High heat-transfer rates can be obtained with titanium 
for several reasons, despite its lower coefficient of ther- 
mal conductivity in comparison with conventional copper- 
base alloys. First, thinner tubes can be used with shell- 
and-tube heat-exchanger designs, and very thin titanium 
plates can be used with plate-and-frame heat exchangers. 
Second, heat transfer is not impeded by a buildup of insu- 
lating corrosion films. Third, higher cooling-water veloci- 
ties (above 20 fps) can be tolerated, the limit being primar- 
ily a matter of the power costs for the circulating pump3. 
In addition, wet-steam impingement is sometimes a prob- 
lem on the outer surfaces of condenser tubes. The usual 
practice is to install baffles to prevent direct tube impinge- 
ment Titanium tubes are highly resistant to this form of 
damage. 

The miscellaneous auxiliary heat exchangers using salt- 
water as the cooling medium require the same rationale 
for material selection as steam condensers. However, the 
services are usually not as critical, and design water veloc- 
ities normally are quite low. 

Distillation units for making fresh water aboard ship 
present a severe material selection problem. Water tem- 
peratures tend to be high, and concentrated brine and 
scale are encountered, all of which aggravate corrosion 
attack. The removal of scale from evaporating surfaces 
also places heavy demands on construction materials. The 
scale is often broken away by means such as cold shock' 
ing, and, as in the case of the vertical corrugated basket 
type, also by mechanical flexure. These scale-removal pro- 
cedures cause a fatiguing action. Occasionally the units 
may have to be cleaned with acid washes. It is not surpris- 
ing, therefore, that distillation units demand the best ma- 
terials. 

Military Specification MIL-D-I8641 contains details of 
the material selection for components of distillation units 
for naval shipboard applications. The compositions of the 
basic components are 70/30 Cu-Ni, 90/10 Cu-Ni, or Com- 
position 5 aluminum bronze (approximately 9iCu-7Al- 
2Fe). Commercial ships with small complements often use 
packaged distilling plants with heat exchangers made of 
titanium. 

6.6 Steam Turbinet. Turbine rotors can be made from 
a variety of materials depending on stress and tempera- 
ture conditions. Carbon steel (usually about 0.30 to 0.40% 
carbon) is commonly used at temperatures up to about 
600 to 650 F. Low-alloy steels of the Ni-Mo-V and Cr-Ni- 
Mo-V types are used at somewhat higher temperatures. 
For extreme temperatures (such as between 750 and 1050 
F), it is common practice to use a l^Cr-l^Mo^V alloy 
steel. If corrosion and erosion resistance is a major design 
consideration, as in saturated steam plants, the turbine 
rotor may be made of 12% Cr steel for service up to 750 
F. 

Because of high stress conditions, turbine rotors must 
be of high-quality steel, free of injurious defects such as 
seams, scale, porosity, and excessive nonmetaliic inclu- 
sions. To obtain a desirable metallurgical structure, a 2Y Z 
to 1 and preferably 3 to 1 reduction in area should be used 
in converting the cast ingot into a forged rotor. 
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It is necessary to avoid hydrogen “flaking” of the rotor 
forging by assuring that the forging is not cooled to room 
temperature until there has been time for hydrogen to 
diffuse out This can be accomplished by interrupting the 
cooling at about 400 to 600 F, and holding at this tempera- 
ture for a prolonged period. Alternatively, a common prac- 
tice to avoid hydrogen flaking is to use vacuum degassing 
techniques during the steelmaking process. 

The desired microstructures and properties in rotor 
forgings are obtained by quenching and tempering or nor- 
malizing and tempering. A tempering temperature of 1 100 
F is recommended (1200 F for 12% Cr steel). After the 
rotors have been rough machined, they are stress relieved 
at 50 to 100 deg F below the tempering temperature. This 
provides for maximum dimensional stability after final 
machining* 

Steam turbine blading is now made almost exclusively 
from one of the quenched and tempered chromium stain- 
less steels. AISI Types 403 and 410 are the most common. 
These are easily machined and forged, have good corro- 
sion and moderately good wet-steam erosion resistance, 
have good mechanical properties at operating tempera- 
tures, and show good resistance to fatigue. Of equal im- 
portance is the unusually high specific damping capacity 
of these steels. This can be used to advantage in reducing 
fatigue stresses arising from blade vibration. It is a partic- 
ularly important characteristic while passing through 
speed ranges that might produce resonant vibrations in 
the blades. 

Types 403 and 410 steels may not have sufficient creep 
strength at the highest temperatures and stresses en- 
countered in some marine turbines. When this is so, a 
more highly alloyed steel can be used, such as AISI Type 
422 (13Cr-Ni-W-Mo-V). The added strength in this steel is 
accompanied by a reduction in specific damping capacity. 

If wet-steam erosion is too severe in any stage of the 
turbine, it is sometimes the practice to apply Stellite in- 
serts on the blades to enhance erosion resistance. 

Titanium may be considered for steam turbine blades, 
particularly in the low-temperature stages of turbines. 
Titanium has a good wet-steam erosion resistance. Fur- 
thermore, since its density is only about 57% that of steel, 
titanium blades develop lower stresses from centrifugal 
forces. 

Turbine casings and steam chests are generally cast, 
using a variety of materials depending on the temperature 
and pressure conditions. Carbon, carbon-!/ s MQ, l^Cr-^Mo, 
and 2%Cr-lMo are the most common grades. A 12% Cr 
steel is occasionally used in saturated steam plants for 
better corrosion and erosion resistance. 

6.7 Gat Turbines. The widespread use of gas turbines 
in aircraft engines has provided the major incentive Jo 
develop special materials for gas turbines, especially the 
cobalt-base and nickel-base superalloys used in hot-section 
components. It is understandable, therefore, that the ma- 
terials developed for aircraft engines have also been used 
widely in marine versions of gas turbines. This applies to 
both main propulsion and auxiliary drive units. Neverthe- 
less, the adaptation of gas turbines to shipboard applica- 
tions has led to certain problems, which are not of primary 


concern to the aircraft industry. Two materials-related 
problems in particular have been encountered in marine 
turbines: vanadium corrosion and sulfidation corrosion, 
both of which can result in rapid deterioration of critical 
hot-section components such as guide vanes and turbine 
blades. Each of these forms of corrosion is discussed 
briefly. 

Early gas turbines suffered accelerated oxidation at- 
tack of hot-section components when turbines were oper- 
ated on residual fuels. The attack was associated with 
vanadium ana sodium in the fuels, which combined during 
combustion to form ash or slag deposits, Sulfated-vana- 
dium/alkali-metal slags were typical. There appeared to 
be a threshold temperature, dependent on the slag compo- 
sition, above which the slag promoted catastrophic oxida- 
tion. The threshold temperature varied from about 1200 
to 1560 F for many of the slags studied. 

No completely acceptable solution to this problem has 
been found. Alloys vary in their resistance to attack, but 
none combine the necessary mechanical properties and 
long life required for marine gas turbine service. Fuel 
additives such as calcium or magnesium compounds are 
effective in inhibiting vanadium corrosion, particularly 
when combined with desalting to remove any salt present. 
The resulting deposits are hygroscopic and nonadherent; 
consequently, they are easily removed. 

Much literature has appeared on the problem of vana- 
dium corrosion. In spite of the possibilities of fuel-treat- 
ment systems to control corrosion, most marine gas tur- 
bines have been operated on essentially vanadium-free 
distillate fuels. 

Sulfidation corrosion (commonly called hot corrosion) is 
a catastrophic type of oxidation, which can be particularly 
harmful to hot-section components of marine turbines. 
The attack disrupts the normally protective oxides on su- 
peralloys, and sulfides may form deep into grain bound- 
aries, causing serious degradation of the structural integ- 
rity of the alloy. Figure 18 is an example of a marine gas 
turbine blade damaged by sulfidation. 

The immediate agent responsible for sulfidation is 
Na 2 S0 4 , which can form during combustion from reac- 
tions between NaCl in sea air and sulfur in the fuel. How- 
ever, the use of sulfur-free fuel will not eliminate the 
problem, because Na 2 SG 4 is also present in sea air. There 
is evidence thatNaCl-Na s SG 4 mixtures are more corrosive 
than Na 2 SG 4 alone. The sulfate must be present on the 
alloy in a condensed phase for attack to take place, At 
pressures near atmospheric, the accelerated attack may 
occur over the temperature range of 1400 to 1900 F. 

Several approaches can be used to combat sulfidation 
attack. One is the use of fuel additives to promote forma- 
tion of slags with melting points above turbine operating 
temperatures. Another approach is the use of metal-diffu- 
sion coatings such as the NiAl type. A third is the use of 
demisters or salt separators to remove as much of the sea 
salt from the intake air as possible. Still another is the 
use of cooled components to lower the metal temperature. 
Finally, the inlet gas temperature can be limited to keep 
component temperatures within tolerable limits. 
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Fig. IB Sulfidation attack on a blade from a marine gas turbine 


Other material problems in marine versions of aircraft 
turbines have not been so difficult to overcome. Some 
changes have been needed to make components resistant 
to the marine environment. These have included the coat- 
ing of some components, the substitution of stainless 
alloys for some miscellaneous parts, and the substitution 
of aluminum alloys for magnesium alloys. 

6.8 Main Propulsion Gears. Although gears of all 
types are used aboard ship, the main propulsion gears are 
of greatest interest and concern to the marine engineer. 
Gears generally fail from tooth breakage or deterioration 
of the tooth contact surfaces. Tooth breakage is caused 
by fatigue cracks, which normally initiate in the root of 
the tooth. Accordingly, such factors as material strength, 
root radius, surface finish, surface treatment, and bend- 
ing stresses may greatly affect the life and performance 
of the gears. 

Deterioration of the contact surfaces is normally caused 
by “pitting” at or near the pitch line. Pitting is a fatigue- 
type failure generated by compressive rolling loads when 
the teeth are meshing. This failure may originate from 


either surface or subsurface fatigue, depending on the 
circumstances. Once a crack appears at the surface, the 
hydrodynamic action of the lubricating oil assists in its 
propagation. Eventually a piece of metal pops out, leaving 
a pit in the surface of the tooth. 

Pitting problems can arise in a properly designed gear 
from misalignment, helix-angle errors, tooth-spacing er- 
rors, and improper lubrication. It is not uncommon to have 
light pitting on the contact surfaces during the first few 
months of service. This pitting usually ceases after a brief 
period, and no further damage is experienced. Pitting of 
this type is sometimes called “corrective” or “incipient” 
pitting. On the other hand, “heavy” or “destructive” pit- 
ting is extremely serious and normally requires attention 
to prevent total destruction of the gear. 

From a fatigue standpoint, it is desirable to use steels 
having high tensile strength for the gear elements. How- 
ever, the strength that can be developed in a steel fre- 
quently is limited by section size and available heat-treat- 
ing facilities. The rims of large bull gears usually are 
made from high-quality forgings that are either normal- 
ized and tempered or quenched and tempered to improve 
their strength and toughness. Both carbon and alloy steels 
are used along with carburizing and nitriding processes 
to provide the desired properties. Typical steels used for 
slow-speed gears are AISM03G, 1035, 1050, 4137, and 
4337, Higher hardness and strength can be developed in 
pinions because of their smaller size. Normalized and tem- 
pered AISM042 and quenched and tempered A3SI-4140 
and 4340 are typical steels for pinion applications. 

6.9 Main Propulsion Shafting. Propulsion shafts con- 
stitute one of the critical components in single-screw 
ships. Although there have been periods in whieh propel- 
ler losses caused by tailshaft failures have been epidemic 
(1946-1950), such disabling casualties are now infrequent. 
However, lesser casualties in the form of surface deterio- 
ration and penetrating cracks do occur. 

Propulsion shaft casualties are caused principally by 
corrosion, fatigue, and fretting corrosion. Steps are taken 
to protect the shaft from seawater corrosion by applying 
protective sleeves or coverings. However, complete integ- 
rity against the ingress of seawater cannot be assured. 
The junctions between the covering and metallic compo- 
nents, such as bearing sleeves and propeller hubs, are 
particularly vulnerable. Unfortunately, these are the 
areas where the need for protection is greatest. 

When seawater contacts the shaft surface, it invariably 
causes general corrosion and pitting. Corrosion by itself 
is not serious, inasmuch as it rarely affects the overall 
strength of the shaft. In most cases pits and corroded 
areas can be ground smooth, filled with a putty compound, 
and the protective covering reapplied. If the pits are un- 
usually deep, they are ground out and then built up by 
welding. However, corrosion pits can act as local sites for 
the initiation of fatigue cracks. Corrosion-fatigue cracks 
commonly occur in shafts at the aft end of the propeller- 
shaft sleeve and at the forward end of the propeller hub in 
arrangements with water-lubricated outboard bearings. 
Fortunately, fatigue cracks normally progress slowly 
enough to be detected during overhaul. 
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Fretting corrosion is caused by minute movements be- 
tween mating parts. Because of the microscopic welding 
and tearing actions, which take place between the mating 
surfaces, small microcracks, which act as sites for fatigue 
crack initiation, readily form- Fretting in tailshafts can 
occur under the ends of the shaft sleeve and often origi- 
nates in way of the propeller hub [37]. Accordingly, fa- 
tigue cracks formed in these areas cannot be detected 
without cutting away the ends of the sleeve or removing 
the propeller. 

Experience has shown that the fatigue life of tailshafts 
subjected to fretting can be improved greatly by cold roll- 
ing the surface of the shaft [38]. Cold rolling may not 
eliminate the formation of mierocracks; it does, however, 
produce residual compressive stresses in the surface lay- 
ers of the shaft, and this retards the propagation of fa- 
tigue cracks if they do form. The U.S. Navy generally 
cold rolls tailshafts that are 6 in, and larger in diameter. 
Rolling is usually restricted to about one diameter on each 
side of the point where the propeller taper begins. 

Propulsion shafts for merchant ships usually are made 
from annealed, normalized, or normalized and tempered 
plain carbon steel forgings conforming to the require- 
ments of ABS Grade 2 steel [3]* Military ships usually 
employ higher strength, quenched and tempered alloy 
steel shafts conforming to Specification MILrS-23284. 

High-strength steels such as Class 1 of MLLrS-23284 
are not generally used for outboard shafting where the 
possibility of contact with seawater exists. In instances 
where they are used, the higher strength is not considered 
in the determination of the shaft size. The reason is that 
the corrosion-fatigue properties of the higher-strength 
steel are no better than those of a lower-strength steel 
(see Fig. 13). However, high-strength steels are used for 
inboard shafting to reduce the weight of the shafting and 
to increase its flexibility. 

Weldability is an important characteristic of shafting 
materials as shafting is vulnerable to damage that can 
only be repaired by welding. For example, the removal of 
a corrosion-fatigue crack by grinding, with a subsequent 
buildup of material by welding, can greatly extend the 
life of many shafts. 

6* 1 0 Propellers. The following properties and charac- 
teristics must be given consideration in selecting a propel- 
ler material; 

* Castability 

* Strength and ductility 

* Corrosion-erosion resistance 

* Cavitation resistance 

* Weldability 

* Cost 

The geometry of a propeller casting closely approxi- 
mates the finished propeller dimensions. To meet these 
demanding requirements, it is important that the metal 
have excellent castability, i.e., the ability to flow freely 
into mold cavities and to solidify into sound metal. 

The strength and ductility of the metal are important 
in establishing the design and serviceability of a propeller. 
High strength is necessary to resist the applied forces 
and to provide fatigue resistance. Blade loss, although 


infrequent, usually can be attributed to fatigue caused by 
vibration or unsymmetrical loading (see Fig. 10). On the 
other hand, blade damage frequently occurs from striking 
submerged or floating objects. It is important in these 
circumstances that the propeller material have sufficient 
ductility, not only to bend rather than break, but to un- 
dergo subsequent straightening and repair. 

Water and entrained debris move across the faces of 
propeller blades at high velocities. This action tends to 
scour away protective films and expose bare metal to 
corrosion, Thfas, high corrosion-erosion resistance is re- 
quired in propeller applications. Also, the metal must be 
resistant to cavitation damage should conditions condu- 
cive to this phenomenon arise. The steel hull of a ship, 
and protective zincs attached thereto, provide a degree 
of galvanic protection, which helps to reduce propeller 
deterioration 

It is desirable, if not mandatory, that the metal be weld- 
able. Good Weldability is required not only to repair dam- 
age incurred during service, but also to repair casting 
imperfections on the surface of the blades during manu- 
facture. The weld metal must be compatible with the base 
metal from the standpoint of corrosion to prevent undesir- 
able galvanic couples. 

Copper-base alloys are the most widely used metals for 
marine propellers. Certain of these alloys exhibit unique 
combinations of the desirable features mentioned in the 
foregoing, plus a built-in resistance to fouling produced 
by the dissolution of copper. Manganese bronze, similar 
to that specified in MIIrB-16443, was used almost exclu- 
sively for marine propellers until about 1357, Since then 
there has been an increasing trend toward the use of 
higher strength nickel-aluminum bronze and manganese- 
nickel-aluminum bronze similar to alloys 1 and 2 of MILr 
B-21230. 

From time to time other types of alloys, such as austen- 
itic stainless steel, 12% chromium stainless steel, and tita- 
nium alloys, have been used for marine propellers in spe- 
cial applications. By and large, however, the copper-base 
alloys continue to find the most widespread usage as ma- 
rine propeller materials, 

6. 11 Low-Temperature and Cryogenic Equipment. The 

use of merchant ships to transport refrigerated cargo and 
liquefied gases poses special material requirements. The 
materials for storage tanks, pressure vessels, piping, etc., 
must be capable of providing safe handling at the low 
temperatures encountered. In addition, the equipment 
must be resistant to chemical attack by the cargo being 
handled. 

Two areas of material-application technology are recog- 
nized. These are “low-temperature” and “cryogenics,” 
which involve materials for applications to — 150 F and 
— 459 F, respectively. The low-temperature materials are 
those especially suited for handling relatively “warm” 
liquefied gases such as propane, anhydrous ammonia, car- 
bon dioxide, and ethane. The cryogenic materials are capa- 
ble of handling liquefied methane, oxygen, nitrogen, 
argon, hydrogen, and helium. 

Because of their relatively low cost and ease of fabrica- 
tion, steels have been widely used for low-temperature 
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and cryogenic applications. Not all steels, however, are 
suitable for these applications. Many of the low-alloy fer- 
ritic steels are susceptible to “brittle” fracture at low 
temperatures, and their so-called “notch toughness” must 
be thoroughly evaluated before use. 

Notch toughness is the ability of a metal containing a 
notch or crack to yield plastically under constraint and 
high local stress. This property is a prime requisite of 
metals for low-temperature applications and is vital to the 
selection of materials for the handling, transportation, 
and storage of liquefied gases. Methods of determining 
this property are given in reference [11]. 

The notch toughness of most ferritic steels decreases 
with decreasing temperature. Ferritic steels usually un- 
dergo a sharp transition from ductile to brittle fracture. 
This does not preclude their use if great care is exercised 
in selecting an alloy for a specific application. The ferritic 
9% Ni steel, ASTM A353, was developed specifically for 
cryogenic applications down to liquid nitrogen tempera- 
tures ( — 320 F). 

The austenitic Cr-Ni stainless steels of the AISI 300 
series show no marked decrease in toughness with de- 
creasing temperature. Furthermore, they are highly cor- 
rosion resistant. Accordingly, they find wide use over the 
entire range of cryogenic applications. Ferritic and mar- 
tensitic stainless steels generally are not recommended 
for cryogenic use. 

The toughness of most nonferrous alloys is unaffected 
by cryogenic temperatures. Aluminum alloys have been 
used extensively, because of their fabricability and low 
cost. In particular, the non-heat- treatable aluminum- mag- 
nesium alloys of the 5000 series are used widely for cryo- 
genic tankage. 
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Units of Measure Conversion Table 


Length 

1 inch — 25.4 mm 
1 foot - 0.3048 m 
1 fathom (6 ft) = 1.8288 m 
1 statute mile (5280 ft) = 1 .6093 km 
1 nautical mile (6076.12 ft) = 1.852 km 

Area 

1 square inch — 645.16 mm 2 
1 square foot = 0.092903 m 2 

Volume 

1 cubic foot = 0.028317 m 3 
1 U.S. gallon - 3.785412 liter 

= 0,003785 m 3 

1 barrel (42 gal) = 0,158987 m 3 
Flow 

1 cubic foot/mi n = 1.699 m 3 /hr 
1 gaflon/min = 0.06309 liter/sec 

= 0,000063 mVsec 


Mass 

1 pound — 0.453592 kg 
1 Jong ton (2240 lb) = 1.016047 metric tons 

Density 

1 pound/cubic inch = 0.027680 kg/cm 3 
1 pound/cubic foot = 16.01846 kg/m 3 

Force 

1 pound = 4.448222 newton 


Torque 

1 inch-pound = 0.112985 newton-meter 


I T f ^ 

Pressure 

1 pound/square inch : 


6.894757 kilopascal 
= 6894.757 N/m 2 
= 0.06894757 bar 


1 inch mercury (60 F} = 3.37685 kilopascal 
1 inch water (60 F) = 0.24884 kilopascal 


Energy, Power 

1 Btu = 1.055056 kilojoule 
1 foot-pound = 1.355818 joule 
1 horsepower* = 0.7457 kW kilowatt 

= 1.01319 metric hp 
1 Btu/sec = 1.055056 kilowatt 

Fuel Consumption 

1 pound/horsepower-hour = 0.608277 kg/kW-hr 
Temperature 

Degrees Rankine = (9/5) (degrees Kelvin) 

Degrees Fahrenheit — (9/5) (degrees Celsius) 4- 32 


1 mm = 0.03937 in. 

1 m = 3.281 ft 
1 m = 0.5468 fathom 
1 km = 0.6214 statute mile *■ 
1 km = 0.54 nautical mile 


1 mm 2 = 0.00155 in. 2 
1 m 2 = 10.764 ft 2 


1 m 3 = 35.315 ft 3 
1 L = 0.2642 gal 
1 m a = 264.2 gal 
1 m 3 = 6.29 bbl 


1 m a /hr = 0.5886 ftVmin 
1 L/sec = 15.85 gal/mln 
1 m 3 /sec = 15850.3 gal/min 


1 kg = 2.2046 Ibm 
1 metric ton = 0.98421 long ton 


1 kg/cm 3 = 36.127 lb/in. 3 
1 kg/m 3 =* 0.062428 Ib/ft 3 


1 N = 0.22481 Ibf 


1 N-m = 8.8507 in. lb 


1 kPa = 0.14504 lb/in. 2 
1 N/m 2 = 0.000145 lb/in. 2 
1 bar = 14.504 lb/in. 2 
1 kPa = 0.29613 in. Hg 
1 kPa = 4.0186 in. H 2 0 
1 kPa = 0.0102 kg/cm 2 


1 kJ = 0.9478 Btu 
1 J = 0.7376 ft-lb 
1 kW = 1.341 hp 
1 metric hp = 0.98698 English hp 
1 kW = 0.9478 Btu/sec 


1 kg/kW-hr = 1.64399 Ib/hp-hr 


°K = (5/9) (*R) 

°C = (5/9) fF - 32) 
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Active-fin stabilizers, 708-711 
Air-conditioning systems 
air distribution systems; 

see Air-distribution systems 
chilled-water systems, 901-905 
control systems, 856, 857 
cooling coils, 902-904 

design calculations, 861-863, 865, 866, 868-870, 
872-874 

design criteria, 859-861, 863-865, 867, 868 
design requirements, 846, 847 
indirect systems, 905 
insulation, 857, 858 
machinery characteristics, 9 
noise control, 858, 859 
plant types, 904-906, 908 
reciprocating plant, 905, 908 
system types, 848-851 
Air-distribution systems 
design characteristics, 881, 882 
duct design criteria, 892, 894 
duct design methods, 884, 885 
duct fitting losses, 885, 887-892 
duct pressure losses, 885-887, 889, 890 
fan performance, 883 
fan pressure, 884, 885 
fan types, 882, 883 
pressure characteristics, 883-885 
total-pressure calculations, 891-893 
Air heaters; 

see Boilers, air heaters 
Anchor windlasses 
brake design, 686, 687 
brake design calculations, 688 
brake test data, 687, 689 
powering calculations, 690 
power units, 688, 690, 691 
requirements, 682, 683 
special design considerations, 685, 686 
types, 683-685 
Automation 
automation system, 8 
boilers, 199, 222, 223 
cargo control, 31 
control system, 28 
design considerations, 26 
diesel engines, 29, 121-123 
diesel propulsion plant, 29 
distilling plants, 665, 666 
enclosed operating station, 27, 122, 123 
gas turbine plant, 30 
generator sets, 738, 742 
navigation, 30 
propulsion plant, 27 
steam propulsion plant, 29 


Automation (continued) 
steam turbines, 29 
vessel management, 30 
Auxiliary equipment, 21 

Batteries, storage, 727, 728 
Bearings 

characteristics, 421 

externally pressurized, 423, 424 

failure modes, 416, 427-431 

friction coefficient, 414, 415, 423, 425 

hydrostatic, 426 

line shaft; 

see Shafting, line shaft bearings 
magnetic, 426, 427 
materials, 427 
nonpressurized journal, 423 
power loss, 414, 415 
pressure-fed journal, 421, 422 
pressure gradient, 413, 414 
rolling-contact, 425, 426 
thrust; 

see Thrust bearings 
types, 412, 413, 420-422 
viscous effects, 413 
Blowers 

applications, 543-547 
diesel scavenging, 546 
diesel supercharging, 546 
dynamic, 542, 543 
forced-draft, 543-546 
fundamentals, 542, 
performance characteristics, 542-544 
positive-displacement, 543 
Boilers 

air heaters, 57, 76, 190-195, 212-214 
attemperators, 215, 216 
automation, 199, 222, 223 
auxiliary, 190 
bent-tube, 185, 186 
casing design, 218, 219 
circulation, 189, 199, 216-218 
combustion air, 201, 203, 204 
construction, 218 
controls, 222, 223 
definitions, 192-195 
design criteria, 197, 198, 200, 201 
design problem, 223-228 
desuperheaters, 215, 216 
drums, 218 
duty cycle, 199 

economizers, 190, 191, 212-215, 226 
efficiency, 196, 200, 203-205, 212, 213 
excess air, 203, 204, 208 
feedwater heaters, 75 
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Boilers (i continued ) 
firing methods, 196, 197 
flue, 184 

flue gas dewpoint, 73, 205 

flue gas properties, 48, 49 

forced-circulation, 189 

fuels, 196, 197 

fuel analysis, 201 

fuel combustion, 201-203 

fuel-oil burners, 205, 206, 219-221 

fuel-oil systems, 449, 450, 452-454, 518, 519, 819, 820 

furnace design, 198, 206, 207, 224, 225 

furnace heat-absorption rate, 207-209 

heat recovery equipment, 57, 212-215 

heat transfer theory, 52-57 

history of, 184 

instrumentation, 222, 223 

materials of construction, 931, 932 

mountings, 220 

once-through. 189 

operation, 228-230 

pressure drops, 199 

radiant heat-absorbing surface, 198, 207 

reheat, 188, 196, 212, 237 

safety valves. 220, 221 

Scotch, 1, 184, 185 

sectional-header, 184, 185 

selection of, 196 

smoke indicators, 221 

space requirements, 197 

steam conditions, 196 

steam drum baffles, 216-218 

storage, 230 

supercharged, 189, 190 

superheaters, 210-212 

terms, 192-195 

tube banks, 209, 226, 227 

two-drum, 186-188 

waste heat, 87, 89, 90, 123-127, 190, 191 
water-level indicators, 221, 222 
water treatment, 228, 229 
weight, 197 

Bow thrusters. 703-705 
Bray ton cycle; 

see Gas turbines, cycle 
Brine refrigeration systems, 910 

Capstans, 693, 694 
Cargo systems 
requirements, 26 
see also, Hull machinery 
Cathodic protection; 

see Corrosion, galvanic 
Cathodic protection systems, 752, 921 
Centrifugal pumps; 

see Pumps, centrifugal 
Chilled-water systems, 901-905 
Clermont , steam boat, 1, 184 
Collective Protective Systems, 851 
Combined propulsion plants 


Combined propulsion plants (continued) 
CODAG, 20, 151 
CODOG, 19, 20, 151, 348 
COGAG, 20, 151 

COGAS, 19, 20, 23, 24, 88, 90, 151 

CONAG, 151, 152 

COSAG, 151 

DOGOG, 20, 151 

RACER, 20, 151 

STAG, 20 

Composite Materials; 

see Materials, composite 
Compressed-air system 
characteristics, 9 
Compressors 
applications, 540, 541 
axial-flow, 535, 536 
centrifugal, 534-536 

dynamic/eompressor performance, 536, 537 
fundamentals, 529-531 
reciprocating, 531-634 
rotary, 537-539 

Computer product model, 35, 36 
Conceptual design, 5, 6 
Condensers 

air cooler, 562-564, 567 
air inleakage, 557, 558, 562, 563, 566 
air removal, 548, 549, 557, 558, 562, 563 
auxiliary, 554 
bypass systems, 567 
condensate 
deaeration, 564, 565 
purity, 573 
reheat, 564, 565 
returns, 566 

condensate pumps, 513, 514, 558 
condensate storage, 558 
cooling-water circuit, 567-570 
cooling-water pressure loss, 569, 570 
design criteria, 556, 557 
fundamentals, 552-555 
galvanic corrosion, 574, 575 
heat-transfer modes, 580-582 
main, 552, 553 

materials of construction, 573, 574, 934, 935 

nomenclature, 576, 577 

performance analyses, 577-580 

performance evaluation, 588, 589 

shell structure, 555, 556 

shell thickness, 572, 573 

steam flow distribution, 559-561, 563, 569 

steam-side pressure losses, 582-588 

steam velocity, 558, 559 

support arrangement, 556 

temperature distribution, 555 

terms, 576 

tube and shell expansion, 572 
tube arrangement, 559, 560, 569, 570 
tube sheets, 569, 570 
tube-to-tube sheet joints, 571, 572 
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Condensers (continued) 
tube vibration, 560-562 
tube water velocity, 575 
Conservation of energy, 46 
Conservation of mass, 46 
Contaminated water evaporator, 629, 630 
Contract design, 5-7 
Contract drawings, 7 
Contract guidance drawings, 7 
Corrosion 
by seawater, 914 
crevice, 915, 918 
erosion, 918-920 
fatigue, 924 

galvanic, 572, 574, 575, 599, 600, 794, 914-918, 933- 
935 

intergranular, 919-921 
pitting, 915 

selective-phase, 919-921 
stress, 921 
types of, 913 
Creep 

of materials, 924-926 
Cycloidal propellers, 707 

Dearating feedwater heaters, 623-626 
Deck machinery; 

see Hull machinery 
Degaussing, 769-771 
Desalination plants; 

see Distilling plants and Reverse osmosis plants 
Design for production, 35 
Design spiral, 5 
Design standards, 7 
Desuperheaters, 215, 216 
Detail design, 5-7 
Diesel cycle; 

see Diesel engines, cycle 
Diesel engines 
air requirements, 102 
alignment, 140, 141, 144, 145, 368 
ambient conditions (effect of), 105, 106 
automation, 29, 121-123 
barred speed range. 402, 403 
bearings, 117 
bedplates, 118 
camshafts, 119 
characteristics, 8, 91-96 
combustion characteristics, 106, 107, 110 
compressed-air systems, 129, 130 
connecting rods, 117 
control, 121-123 
cost, 24 

counterweights, 113, 114 
crankshafts, 117, 118 
crankshaft deflection, 144 
crossheads, 117 
cycle, 81-84, 91, 94, 97-99 
cylinders, 116 

cylinder-head mountings, 119, 120 


Diesel engines {continued) 
cylinder oil systems, 132, 133 
efficiency, 81, 82, 83, 99 
engine selection, 110-112 
forces, 113-115 
foundations, 138, 139 
four-stroke, 91-93, 99 
frames, 118 

freshwater cooling systems, 133-135 
fuel characteristics, 106, 107 
fuel consumption, 23, 96, 101, 102 
fuel injection, 108, 109 
fuel-injection cooling system, 135 
fuel pump, 108, 109 
fuels 448, 449 

fuel systems, 128, 129, 449, 451-455, 821 

fuebsystem components, 8, 455-459, 519, 520 

gears for, 347, 348 

heat balance, 104, 105 

high speed, 15, 94, 99, 112 

indicator card, 396 

ignition requirements, 83 

instrumentation, 121-123 

jacket-water cooling system, 133, 134, 520, 821 

low-speed, 15, 17. 92, 94, 99, 112 

lubricating-oil 

circulating systems, 131, 132, 520, 821 
consumption, 102 
purification, 133 
storage, 133 
transfer, 133 
lubrication, 419, 420 
lubrication systems, 8, 130 
machinery arrangement, 137, 138 
maintenance, 142-145 
margins, 100, 110, 111 
mean effective pressure, 83, 98, 99 
medium-speed, 15, 17, 91, 92, 94, 99, 112 
moments, 113-115 
noise, 105 
operation, 141, 142 
opposed-piston, 95 
overhauling gear, 138 
performance, 100, 105 
performance limits, 100, 101 
pistons, 116, 117 

piston cooling-water system, 134, 135 
piston rods, 117 

plant arrangement, 17, 789-791 
principles of operation, 91 
ratings, 14, 15, 100, 101, 111 
resilient mounting, 138-140 
reversing, 121, 141, 142 
seawater systems, 135-137, 820 
selection, 113 
starting, 121 

tangential-effort diagram, 396 
thermodynamics, 81, 82, 97-99 
torsional vibration, 115, 116, 392-399, 401-403 
turbocharged, 94, 95, 120, 546 
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Diesel engines (continued) 
turbocharger performance, 102-104 
two-stroke, 91-93. 99 
valve gear, 119 

waste heat, 86-89, 104, 105, 123-128, 646, 647, 660 
weight, 24, 96 

Diesel-generator sets, 9, 725, 726 
Distilling plants 
acid cleaning, 662, 663 
air ejectors, 549, 550 
automation, 665, 666 
basket evaporators, 638, 639 
brine-recirculation systems, 643, 644 
characteristics, 8 
distillate purity, 636 
early designs, 63(M>39 
economy, 660 

flash evaporators, 638-644 

for harbor operation, 642 

heat sources, 659-661 

heat-transfer calculations, 657-659 

heat-transfer theory, 655-659 

materials of construction, 661, 934, 935 

once-through systems, 644 

plate-type evaporators, 647, 648 

pumps, 523 

scale control, 661-663 

spray-film evaporators, 644, 645 

submerged-tube evaporators, 637, 646, 647 

vacuum equipment, 663-665 

vapor-compression plants, 647-651 

waste-heat cycles, 646, 647, 660, 661 

Economizers; 

see Boilers, economizers 
Eductors 

applications, 548-550. 647, 663, 665 
fundamentals, 548 
Ejectors 

applications, 548-550, 663-665 
fundamentals, 548 
steam-jet, 547, 548 
Electric cabling 
cableways, 775-777 
connections, 777 
fiber optic, 780 
grounding, 779, 780 
installation, 775-777 
penetrations, 777-779 
requirements, 774 
splicing, 780 
types, 774, 775 
Electric generators; 

see Electric power, generator sets 
Electric- load analysis, 24, 25, 718, 719 
Electric motors 
brakes (attached), 751 
controllers, 745-751 
electrical characteristics, 742, 744 
list of motors and controls, 742, 743 


Electric motors ( continued ) 
mechanical characteristics, 744, 745 
wiring diagrams, 745-750 
Electric plants 
automation, 738, 742 
cabling; 

see Electric cabling 
cathodic protection systems, 752, 921 
control system architecture, 737-741 
degaussing, 769-771 
design requirements, 24, 25, 716, 717 
electromagnetic interference, 772-774 
exterior communications 
see Exterior-communication systems 
interior-communications; 

see Interior-communication systems 
lighting systems; 

see Lighting systems 
motors, 

see Electric motors 
navigation systems; 

see Navigation systems 
power system; 

see Electric power 
resistive loads, 751, 752 
rules and regulations, 716, 717 
Electric power 
a-c plants, 718, 720 
d*e plants, 720 
design requirements, 717 
electric-load analysis, 24, 25 f 718, 719 
fuel cells, 728 
generator sets 
attached, 25 

diesel generators, 725, 726 
emergency generators, 726 
gas-turbine genera tors, 726 
generators, 726, 727 
speed governors, 726 

steam-turbine generators, 67-70, 274, 277, 724, 725 
voltage regulators, 727 
motor-generator sets, 728, 729 
panelboards, 736 
povrer converters, 729 
power distribution, 730-733, 736, 737 
storage batteries. 727 , 728 
switchboards, 734-736 
system configuration, 721-723 
system protection, 723, 724 
transformers, 729 
uninterruptible power supplies, 729 
Electric propulsion drives 
a-c systems 
characteristics, 314 
cycloconverters, 315-318 
load-commutated inverters, 314, 316, 318, 319 
motors, 320, 321 
power converters. 314-320 
pulse- width modulated converters, 315, 319, 320 
applications, 304, 305 
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Electric propulsion drives (continued) 
control systems, 306, 307 
d-c systems 
generators, 309, 310 
motors, 310-313 
power converters, 310-312 
features, 16, 17, 304, 305, 309, 314 
grounding, 309 
power conversion, 305 
power generation, 305-308 
power system harmonics, 308, 309 
power transformers, 308 
ship applications, 322, 323 
voltage selection, 306 
Electromagnetic interference, 772-774 
Elevators, 700-702 
Enterprise , aircraft carrier, 2, 19 
Equipment procurement, 11 
Evaporators; 

see Distilling plants 
Exterior-communication systems 
acoustic, 769 
infrared, 768, 769 
optical, 768 
radio, 767, 768 
satellite, 768 

Fans; 

see Air-distribution systems 
Feedwater heaters; 

see Heat exchangers 
Fire protection, 835-837 
Flash evaporators, 638-644 
Flue gas properties, 48, 49 
Forced-draft blowers, 543-545 
Fuel -oil systems 

fill and transfer system, 826, 827 
for diesel engines; 

see Diesel engines, fuel systems 
for gas turbines, 159, 459, 460, 822-824 
heaters, 619-622 
materials of construction, 461 

for steam plants, 449, 450, 452-454, 518, 519, 819, 820 
Fuels, nuclear, 287 
Fuels, petroleum 
acid dew point, 73, 443 
characteristics, 22 
chemical properties, 442-445 
combustion constants, 202 
flash point, 442 
fuel-oil additives, 446, 447 
fuel-oil exhaust emissions, 447 
fuel-oil specifications, 448, 449 
fuel-oil testing, 449 
fuel-oil toxicity, 447, 448 
heating value, 201, 202, 441, 442 
ignition quality, 83, 441 
impurity effect on boilers, 446 
pour point, 442 
refinery processes, 438-440 


Fuels, petroleum (continued) 
specific gravity, 441 
uses of, 22 
viscosity, 440, 441 

Galvanic corrosion, 572, 574, 575, 598-600, 794, 914-918, 
933-935 

Gas , 46—48 

Gas turbines 
accessories, 159 
air intake, 154, 155 

air intake losses (effect of), 148, 149, 151 
ambient conditions (effect of), 148-150 
applications, 146, 147 
arrangement in ship, 16, 154-156, 160 
automation, 29 

axial-flow compressor, 168-171 
bearings, 179 

bleed air, 152, 153, 162, 163, 824-826 
centrifugal compressors, 165-168 
combustion chamber, 175-177 
combustion systems, 175, 176 
compression ratio, 148 
compressor design, 165-171 
control, 161, 163-165 
cost, 24 

cycle, 84-86, 146, 147 

efficiency, 148, 149 

engine enclosure, 153, 158, 164 

exhaust uptake, 155, 156 

exhaust uptake losses (effect of), 148, 149, 152 

fuel consumption, 23, 147-149, 151 

fuel nozzles, 177, 178 

fuels, 153, 159 

fuel systems, 159, 459, 460, 521, 822-824 
ignition system, 178, 179 
inlet air filters, 160 
installation, 153 

intercooled cycle, 147-149, 156, 157 
lubrication systems, 180-182, 521, 822 
maintenance, 154 

materials of construction, 936, 937 
mounting, 156, 157 
multi-spool, 148, 158 
noise, 160, 477 
operation, 154, 161-165 
part-load performance, 149, 151 
performance, 148-153 
recuperative cycle, 147-149, 156-158 
recuperators, 158 
reduction gears, 157, 158 
reheat cycle, 147 
reversing considerations, 158 
seals, 180 
silencers, 160 
single-spool, 148, 149, 158 
starting, 152, 153, 159-161 
structure, 156 
turbine design 
blades, 173, 174 
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Gas turbines (continued) 
efficiency, 172 
nozzles, 172-174 
rotors, 174 
types, 171, 172 

variable-area power turbine, 148, 149, 162 
waste heat, 86, 87, 89, 152, 660 
weight, 24 
Generators; 

see Electric power, generator sets 

Heat balance calculations, 72-81, 196 
Heat exchangers 
applications, 590-592 
boiler water sample cooler, 622 
contaminated water evaporator, 629, 630 
deaerating feedwater heater, 623-626 
fail-safe heat exchangers, 632, 633 
fuel-oil heaters, 619-622 
gland leak-off condensers, 629 
high-pressure feedwater heaters, 626-^628 
hot-water heaters, 631, 632 
low-pressure feedwater heaters, 623, 624 
lubricating-oil coolers, 619, 620 
lubricating-oil heaters, 619-622 
motor-generator heat exchanger, 633, 634 
reactor-water purification heat exchanger, 633 
steam reboHers, 630, 631 
tank cleaning heater and drain cooler, 623 
cathodic protection, 599, 600 
characteristics, 590-593 
compact-type, 617, 618 
counter flow, 51 
design requirements, 590-592 
extended-surface, 617-619 
fin-tube heat transfer, 606, 607 
flow baffles, 597 

flow-induced vibration, 607, 608, 611, 612 
head joints, 595-597, 627, 628 
heat-transfer calculations, 609-611 
heat-transfer theory, 600-607, 616-618 
log mean temperature difference, 51 
materials of construction, 934, 935 
mechanical design, 612-615 
parallel flow, 51 
plate-type, 615-617 
pressure-drop calculations, 610, 611 
pressure drop theory, 605 
thermal expansion provisions, 597-599 
tube arrangements, 597, 598 
tube-to*tube sheet joints, 593-595 
Heating and ventilation systems 
air-distribution systems; 

see Air-distribution systems 
control systems, 856, 857 

design calculations, 861-863, 865, 866, 868, 869, 871 
design criteria, 859-861, 863-865, 867, 868 
design requirements, 846-848 
insulation, 857, 858 
noise control, 858, 859 


Heating and ventilation systems (continued) 
see also Heating systems 
Heating systems 
heaters, 900, 901 

hot-water systems, 895, 897-900, 902 
steam systems, 25, 894-897 
Heat transfer 
conduction, 49-51 
convection, 49-51 
in boilers; 
see Boilers 

log mean temperature difference, 51 
overall heat transfer coefficient, 50, 51 
radiation, 50, 51 
Hull machinery 
active-fin stabilizers, 708-711 
anchor windlasses; 

see Anchor windlasses 
bow thrusters, 703-705 
capstans, 693, 694 
cargo-access equipment, 699, 700 
cargo-handling cranes, 698, 699 
cargo-handling winches, 695, 697, 698 
characteristics, 9 
cycloidal propellers, 707, 708 
electrical details, 672 
elevators, 700-702 
hydraulic details, 669-672 
jet thrusters, 705, 706 
mechanical details, 667-669 
mooring winches, 691-693 
replenishment-at-sea systems, 698, 699 
requirements, 25 
rope-handling gear, 695, 696 
rudder roll stabilization, 711-714 
steering gears; 

see Steering gears 
trainable thrusters, 706, 707 
vertical-axis propellers, 707 
warping winches, 694, 695 
Human engineering, 39, 41 
Hydraulic power pack 
characteristics, 9 

Ideal gas, 46-48 

Integrated logistics support, 38-41 
Interior-communication systems 
alarm systems, 757-759 
entertainment systems, 760 
fiber optics, 761, 762 
IC switchboards, 761 
indicating systems, 759, 760 
man-on-the-move systems, 761 
voice systems, 756, 757 

Labyrinth seals, 61, 62, 180, 267-269 
Lighting systems 
distribution system, 754-756 
illumination criteria, 752, 753 
lighting fixtures, 753, 754 
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Lighting systems (continued) 
lighting layout, 754 
signal lights, 756 
List of machinery, 8, 9 
Logistics support, 38-41 
Lubricating-oil systems 
coolers, 434, 619, 620 
conditioning monitoring, 435, 436 
diesel engines, 8, 130-133, 821 
gas turbines, 180-182, 822 
heaters, 619-622 
piping, 434, 435 
pumps, 432, 434, 519 
purifiers, 435 

reduction gears, 343-345, 816-818 
requirements, 431 

Steam turbines, 269, 270, 272, 816-818 
strainers, 434 
tanks, 432 
types, 431 
Lubrication 
boundary, 414-416 

dynamically loaded bearings, 419, 420 
fluid-film, 412, 414^16 
lubricant characteristics, 416-420 
lubricants, 416 
pressure formation, 412 

Machinery-space arrangements, 15-18, 137, 785-791 
Maintainability, 39, 42 
Marine engineering 
defined, 2 
history, 1 
Marine vehicles 
applications* 3 
specific power, 4 
Materials 
applications 

auxiliary steam piping, 932, 933 
boilers, 931, 932 
condensers* 934, 935 
distilling units, 934, 935 
freshwater piping, 933, 934 
gas turbines, 936, 937 
heat exchanges, 934, 935 
low temperature, 938, 939 
main steam piping, 932, 933 
propellers, 938 
reduction gears, 937 
seawater piping, 933, 934 
shafting, 937, 938 
steam turbines, 935 t 936 
corrosion of; 

see Corrosion 
composite 

design considerations* 930 
environmental effects, 928, 929 
fabrication methods, 927, 928 
inspection techniques, 929, 930 
reinforcements, 927, 928 


Materials (continued) 
types, 926, 927 
creep, 924-926 
fatigue 
corrosion, 924 
cyclic stress, 922, 923 
fractures, 921, 922 
residual stresses, 924 
stress raisers, 923 
high-temperature behavior, 924-926 
Modular construction* 35-38 
Mooring winches, 691-693 
Motor-generator sets* 728, 729 
Mutsu , nuclear ship, 2, 299 

Navigation lights, 766, 767 
Navigation systems 
automation, 30 
dead-reckoning, 766 
electromagnetic log, 765 
hyperbolic systems, 762-764 
inertial systems, 765 
radar systems, 762 
radio direction finder* 762 
satellite navigation, 765 
sonar systems, 764 
Noise control 

airborne noise treatments, 472-476 
cladding, 470, 471 
compartment noise level* 472, 473 
damping, 471, 472 
design activities, 466* 467 
design requirements, 31, 466 
fundamentals, 462-465 
HVAC systems, 858, 859 
Isolation mounts, 475, 476 
modes of noise transmission, 31, 466 
muffers, 469-471 
noise analysis example, 477-479 
noise analysis steps, 467-469 
receiver noise control, 477 
Sabine absorption coefficient, 472, 473 
structureborne noise treatments, 475 
Nuclear reactors 
applications* 18, 294-301 
boiling-water reactors, 299, 300 
breeding, 285 

consolidated nuclear steam generator, 297-299 

containment, 291, 292 

critical size, 284 

Enterprise , 19 

fissionable materials, 284 

fission process, 284 

fuels, 287 

fundamental principles, 279-284 
gas-cooled reactors, 300-302 
glossary, 280-284 
health physics, 293 
history, 2 
Mutsu , 299 


950 


MARINE ENGINEERING 


Nuclear reactors (continued) 

NimitZy 19 

Otto Hahn , 298, 299 

plant arrangement, 18 

pressurized- water reactor, 286, 287, 294-299 

radiation detection, 293, 294 

radioactive decay, 285 

radioactive waste disposal, 292, 293 

radiological safety, 292 

reactor arrangement, 285, 286 

reactor control, 289, 290 

reactor coolants, 287-289 

safety, 291-293 

Savannah , 279, 293-296 

shielding, 290^292 

steam cycles, 239, 240 

steam turbines for, 239, 240 

weight, 24 

Otto Hahn , nuclear ship, 298, 299 

Perfect-gas, 46-48 
Petroleum fuel; 

see Fuels, petroleum 
Piping 

arrangement, 789, 792, 793 
fittings, 800-802 
flexibility, 798-800 
galvanic corrosion, 794 
insulation, 805, 806 
joints, 800-802 
materials, 793-795, 932, 933 
pipe sizes, 796-798 
sea connections, 806, 807 
size selection, 795 
valves, 802-805 
wall thickness, 798 
Piping systems 
bilge and ballast, S27-829 
chilled-water, 832 
design phases, 783, 784 
design requirements, 782-784 
diesel plant 

freshwater cooling, 821, 933, 934 
fuel service, 821 
lubricating oil, 821 
seawater cooling, 820, 933, 934 
fire extinguishing, 835-837 
fire main, 834-836 

freshwater service, 829-832, 933, 934 
fuel fill and transfer, 826, 827 
gas-turbine plant 
bleed air, 824-826 
fuel service, 822-824 
lubricating-oil service, 822 
seawater cooling, 822, 933, 934 
oily waste, 829, 830 
overflows, 838, 839 
plumbing vents and drains, 832-834 
sounding tubes, 839 


Piping systems {continued) 
space arrangements, 785-791 
steam plant 

auxiliary exhaust, 811, 812 
auxiliary steam, 810 
bleed steam, 809-811 
boiler fuel-oil service, 819, 820 
desuperheated steam, 809, 812 
drain and condensate, 812-814 
lubricating oil, 816-818 
main feeti, 813, 814 
main steam, 807, 808 
safety-valve escape, 812 
seawater cooling, 814-816, 933, 934 
tanker cargo 
ballast, 841, 842, 844 
cargo oil, 839-842 
inert gas, 844, 845 
oil-content monitoring, 842, 844 
stripping, 843, 844 
tank cleaning, 840, 842, 843 
vapor recovery, 844 
vents, 837, 838 
Pollution control 
atmospheric discharges, 35 
equipment, 9 
overboard discharges, 34 
regulations, 34 
requirements for, 33 
Preliminary design, 5, 6 
Product breakdown structure, 35, 37 
Production schedules, 38 
Propellers 
balance, 390, 391 
clearances, 356, 357 

controllable- and reversible-pitch, 21, 385-387 

diameter selection, 13 

efficiency, 14 

in nozzles, 387 

keyless, 369, 370 

manufacturing tolerances, 389, 390 
materials of construction, 938 
number of blades {selection of), 388 
physical characteristics, 388, 389 
rpm (selection of), 388 
selection of, 13 
systematic series, 13 
thrust loads, 361 
torque loads, 360, 361 
types, 13, 385-388 
weight, 389 
Propulsion plants 
arrangement, 15-18, 137, 785-791 
automation, 27 
auxiliary equipment, 21 
combined plants; 

see Combined propulsion plants 
cost, 24 
diesel; 

see Diesel engines 
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Propulsion plants {continued) 
fuel consumption, 18, 23 
fuel selection, 22 
gas turbines; 

see Gas turbines 
rating, 13, 15, 17, 18 
reversing capability, 20 
selection, 15, 19 
steam turbines; 

see Steam turbines 
types, 15 

weight characteristics, 23 
Propulsion system 
power requirements, 12 
Psychrometry, 851-854, 872, 874 
Pumps 

actual head, 484, 485 
applications, 512 
cargo, 52^-529 
circulating, 517, 518 
condensate, 513, 514, 558 
fire, 521 
fuel-oil, 518, 519 
in diesel plants, 519, 520 
in gas turbine plants, 521 
in steam plants, 513-519 
main feed, 515-517 
non-propulsion related, 521-529 
centrifugal 
bearings, 490-492 
casings, 486, 487 
classification, 481-483 
couplings, 493, 494 
Euler head, 482-484 
fluid viscosity effects, 498 
impellers, 487, 488 
impeller shaft, 492 
internal forces, 488-490 
net positive suction head, 495, 496 
operational arrangements, 498 
performance characteristics, 494, 495 
power requirement, 485 
priming, 497, 498 
recirculation, 496, 497 
seals, 492, 493 
specific speed, 481, 482 
wearing rings, 487, 488 
diaphragm, 511, 512 
fundamentals, 481 
liquid ring, 505, 506, 514, 665 
materials of construction, 512, 513 
pump list, 10 
reciprocating 
drive end, 507, 508 
liquid end, 506, 507 

performance characteristics, 508, 509, 510 
regenerative turbine pumps, 498, 499 
rotary 

gear, 502, 503 
lobe, 503 


Pumps {continued) 

performance characteristics, 504, 505 
screw, 501, 502 
vane, 504 

rotating piston, 510, 511 
vertical turbine pumps, 499-501 

Reduction gears 
accessories, 345, 346 
applications, 346 
bearing-reaction diagram, 336 
dutches, 343-345 

CODOG arrangements, 348, 350, 351 

contrarotating, 347-350 

couplings, 341-344 

critical speeds, 336, 337 

diesel driven, 347 

efficiency, 345 

epicyclic, 348-351 

gear arrangements, 326, 327, 338-340, 346-351 
gear case, 337-340 

gear-to-shaft alignment, 335, 336, 366, 367 

gear wheels, 338, 339 

history of, 325, 326 

installation, 336 

involute geometry, 329 

journal bearings, 340, 341 

/f-factor, 328-330, 339 

locked-train, 327, 340, 347 

lubricating-ci! systems, 343-345 

manufacturing methods, 326, 328 

materials of construction, 937 

pinion deflection, 334, 335 

pinions, 338, 339 

reversing, 21, 343, 344 

size approximations, 332-334 

thrust bearings, 339, 341 

tooth 

bending strength, 330, 331 
compressive stresses, 330 
contact, 335, 336 
contact pressure, 328 
design factors, 328-332 
geometry, 329 
scoring, 331, 332 
subsurface shear stress, 332 
unit loading, 331 
turning gear, 338, 345, 346 
weight, 346 
Refrigerants, 855, 856 
Refrigeration equipment 
characteristics, 9 
compressors, 540, 541 
Refrigeration systems, 854, 855 
applications, 908 
brine systems, 911 
cargo, 909, 911 

design calculations, 876-878, 880 
design criteria, 873, 875, 876, 878-880 
piping systems, 906-910 
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Refrigeration systems, 854, 855 {continued) 
ship-service, 906, 907 
stores, 911 
Reliability, 39, 40 

Replenishment-at-sea systems, 698, 699 
Resonance changer, 378, 379, 405, 407 
desalination plants, 651-654 
Rudder roll stabilization, 711-714 

Safety analysis, 39, 40 

Savannah , nuclear ship, 279, 293-296 

Sea trials, 43, 44 

Shafting 

alignment, 365-368 
alignment checks, 373-376 
alignment to slow-speed diesel, 368 
arrangement, 353, 354, 356 
axial movements, 372 
balance, 872 

bearing locations, 364, 365 
bearing-reaction influence number, 365-367 
bearing-reaction locations, 362 
bending loads, 361-363 
cold rolling, 370 
couplings, 370-372 
description of, 353-355 
design sequence, 355, 356 
eccentricity, 372, 373 
flexibility factor, 367 
gear-to-shaft alignment, 366-368 
jacking bearings, 373, 374 
keyless propellers, 369, 370 
line shaft bearings, 378-381, 423 
longitudinal vibration 
acceptable limits, 407, 408 
damping, 406, 407 
excitation factors, 405 
natural frequency calculations, 403-406 
thrust-bearing foundation stiffness, 404-406 
vibration reducers, 377-379, 405, 407 
vibratory torque calculations, 407 
materials of construction, 363, 937, 938 
oil-lubricated stern tube bearings, 382-384 
outboard bearings, 381-384, 412, 413 
propeller clearances, 356, 857 
propeller-induced loads, 357-360 
propeller-to-shaft interface, 369, 370 
protection from seawater, 370 
radial loads, 368 
shaft rake, 357 
shaft required size, 363, 364 
shaft withdrawal, 357 
shock loads, 362 

straightening techniques, 372, 373 
system components, 8 
thrust bearings, 377-379 
thrust loads, 361 
torsional loads, 360, 361 
torsional vibration 
acceptable limits, 402, 403 


Shafting (continued) 

excitation factors, 395-399 
damping, 399, 400 
mode shapes, 337, 391, 392 
models for analysis, 392-394 
natural frequency calculations, 393-395 
nodal drives, 337, 391, 892 
vibratory torque calculations, 40(M02 
whirling vibration 
acceptable limits, 409 
mode shlpe, 408, 409 
natural frequency calculations, 408, 409 
Ship design 
procedure, 5 
process of, 4, 6 
requirements, 4, 11 
Ship resistance, 12 
Ship specifications, 7 
Ship speed limitations, 4 
Ship speed-power 
characteristics, 14 
Shock 

analysis procedures, 32 
test procedures, 33 
Spray-film evaporators, 644 t 645 
Standardization, 38 
Steam cycles 

feedwater heating, 75-77, 623-628 
high performance, 80 
regenerative, 73, 75-77, 80 
reheat, 80, 81 
simple, 71-74 
Steam properties, 47, 48 
Steam systems 
waste heat, 123-128 
Steam turbines 

astern turbine, 232-236, 241, 247, 249, 266 

astern turbine losses, 64 

automation, 29 

auxiliary, 67-71, 274-278 

bar-lift control valves, 253, 254 

blade design, 58-60, 251, 256-262 

blade erosion, 239, 259 

blade fastenings, 259, 262 

blade material, 259 

blade vibration, 257-259 

bleed steam, 75, 243, 244 

bypass valve control, 252, 254 

cam-lift control valves, 253, 254 

casings, 265, 267 

cross-compound, 232 

design considerations, 232, 234 

diaphragms, 264, 265 

double-flow, 232, 235 

efficiency, 64, 65, 68-71 

exhaust losses, 64, 65, 68, 245, 246 

exhaust vacuum, 241-243 

extraction pressures, 66, 79, 80 

friction, 61 

gland-seal system, 268, 269 
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Steam turbines ( continued) 
governors, 256, 277 
hand-control valves, 252, 253 
heat rate, 246, 247 
high-pressure, 232, 233, 250 
impulse stages, 248, 249, 260, 261, 264, 266 
journal bearings, 262, 263, 270-272 
lambda ratio, 66, 67 
leakage, 61, 251 

low oil-pressure protection, 254, 255, 256 

low-pressure, 233, 234, 266 

lubricating-oil system, 269, 270, 272 

machinery arrangements, 232, 785-788 

materials of construction, 935, 936 

moisture considerations, 239-241, 259, 260, 266 

nozzle control, 67 

nozzles, 264 

nuclear cycles, 239, 240 

operation, 272-274 

overspeed protection, 254, 255, 256 

packings, 267-269 

partial flow, 66 

plant arrangement, 16, 785-788 
reaction stages, 248, 249, 261, 262 
reduced-power operation, 67 
reheat, 80, 81, 234, 237-239, 246, 247 
rotor balance, 263 
rotor critical speed, 262, 263 
rotor design, 262, 263 
rotor material, 263 
seals, 262, 267-269 
single-casing, 236 
single-stage auxiliary, 277, 278 
stage efficiency, 61, 249, 251 
stages (number of), 248, 249 
state lines, 61, 63-66, 74, 244-246 
steam conditions, 240-243 
steam extraction, 243, 244 
steam rate, 63, 64, 240-243, 246, 276, 277 
steam valve design, 256 
thermodynamics, 57-60 
throttle-valves, 253 
throttle-valve control, 251, 252 
thrust bearings, 271 
torsional vibration, 391-395, 400, 401 


Steam turbines (continued) 
torque-speed characteristics, 247 
velocity-compound stages, 249 
windage, 61 
Steering gears 

controls, 680-682 * 

design calculations, 678 
power units, 678-680 
ram actuators, 676-678 
regulatory-body requirements, 682 
rotary actuators, 678 
rudder-torque rating, 26, 675, 676 
types, 673-675, 678, 679 
Sustained sea speed, 14 
Switchboards, 734-736 

Tests and trials, 43, 44 
Thrust bearings 
design loads, 271, 377 
bad cells, 377 

types, 270-272, 377, 378, 412, 413, 424, 425 
vibration reducer, 378, 379, 405, 407 
Torsional vibration; 

see Shafting, torsional vibration 
Turbine-generator sets, 67-70, 274-277, 724 


Warping winches, 694, 695 
Waste heat; 

see Diesel engines, and Gas turbines 
Water heaters; 

see Ileat exchangers, hot-water heaters 
Whirling vibration; 

see Shafting, whirling vibration 
Wiring; 

see Electric cabling 
Working drawings, 38 


Uninterruptible power supplies, 729 

Units of Measure Conversion Table, 942 

I ^ I rlaj < J 

Vacuum pumps. 505, 506, 514, 665 
Vapor-compression distilling- plants, 647-651 
Ventilation systems; 

see Heating and ventilation systems 
Vibration reducer, 377-379, 405, 407 


